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Abstract—Conditions for seizing during hydrodynamic contact between parts under rolling friction have been
studied. For this purpose, a known friction model based on the generalized Eyring equation and taking into
account the phenomenon of oil film self-heating has been used. The fact that a correct description of friction
curves using this model is possible has been confirmed by comparison with published experimental data.
Conditions are revealed, under which in the thermal zone of friction curves, despite a decrease in the friction
coefficient, an increase in friction power loss continues. It is shown that the bearing seizing hazard occurs
when the bearings operate in a thermal zone of the friction curves. A concept of critical slide–roll ratio that
represents a boundary of the thermal zone of friction curves has been introduced, and its dependence on the
contact pressure and temperature has been studied for PAO1 grade polyalphaolefin oil in the temperature
range of 40–100°C and for MN-7.5u grade oil in the range of 60−140°C. It is shown that the critical sliding-
to-rolling ratio increases with decreasing contact pressure in the bearing, as well as with increasing oil tem-
perature. It is concluded that the conditions of contact between the rollers and the inner ring promote an
increase in friction power loss to a greater extent than the conditions of contact between the rollers and the
outer ring. This indicates a higher seizing hazard in the case of the inner ring than in the case of the outer ring,
which is confirmed by the statistics of rolling bearing failures. In order to prevent seizing in bearings, it is nec-
essary to provide a margin with respect to critical sliding at the bearing design stage.
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INTRODUCTION
One of the characteristics of hydrodynamic contact

interaction between rolling bearings consists in their
mutual slipping. Moderate slipping exerts a positive
effect on the bearing operation, since less power is
spent for driving the bearing, a decrease in the heat
flux occurs, as well as the operating temperature of the
bearing is reduced and the bearing service life
increases. However, excessive slipping in the contact
zones of rolling bodies and raceways often causes
bearing failures. In this case, seizing can occur fol-
lowed by an increase in the wear level of the working
surfaces [1].

The immediate cause of seizing consists in signifi-
cant self-heating of the contact oil layer caused by slip-
ping and a decrease in the oil layer viscosity, which
results in an unacceptable decrease in the thickness of
the oil layer. Most of the rheological parameters of
hydrodynamic models for contact friction are deter-
mined based on experimental friction curves, i.e., the
coefficient of sliding friction depending on the ratio
between the sliding velocity and the rolling velocity
obtained with the use of a friction machine, which is
called a slide–roll ratio. In the course of such testing,

just as in the case of bearing operation, a gradual
increase in the temperature of the contact oil film
occurs owing to friction.

Nowadays, there are two main approaches to
accounting for the self-heating of contact oil layers
when determining the rheological characteristics of
the oil. One of the approaches is based on constructing
a contact friction model a part of which consists in the
calculation of the heat release power in the oil film fol-
lowed by taking into account the effect of an elevated
temperature on the properties of the oil. For this pur-
pose, thermophysical properties inherent in both
lubricants and contacting parts are taken into account.
Such a model has been proposed and experimentally
verified, for example, by the authors of [2, 3]. In the
scope of the second approach, it is proposed to deter-
mine the rheological oil characteristics based on
reconstructed isothermal friction curves [4].

In order to do this, it is necessary to have a suffi-
cient array of experimental friction curves obtained at
different initial temperature values. The characteris-
tics obtained by this method are considered reliable
only in the case of a sufficiently low slide–roll ratio
being less than 8% [5]. This approach complicates
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solving the practical problems of determining the con-
ditions for contact interaction and self-heating, since
in each specific case it requires solving an associated
problem of contact friction and thermal conductivity
both in the oil layer and in the areas of contacting parts
adjacent to the contact zone.

There is no consensus on the issue of acceptable,
seizing-free sliding in bearings. So, for example, some
authors consider that a long-term decrease in the sep-
arator speed in roller bearings caused by sliding in the
contact zone of rolling bodies and raceways less than
5% is quite acceptable, the others take the value
amounting to 10% [6], whereas in the case of complete
bearing lubrication and cooling they accept a slipping
level amounting up to 30% [7]. The seizing criteria
proposed by different authors considered according to
a maximum contact pressure, according to the maxi-
mum oil film thickness [8] and others [9] have been
developed based on limited experimental data and,
when applied to different conditions, often show unre-
alistic results.

Objective—To determine the slide–roll ratio
between the rolling elements and raceways of the bear-
ing critical for the onset of seizing, in accordance with
the features of the contact interaction hydrodynamics.

HYDRODYNAMIC FRICTION MODEL

The hydrodynamic friction model proposed by the
authors of [2, 3] is based on the following generalized
Eyring relationship:

(1)

where the first and second terms on the right side of
relationship (1) denote the elastic and viscous compo-
nents of shear rate γ, respectively; G is the shear mod-
ulus; τ is the shear stress; ηN is the Newtonian viscos-
ity; and τ0 is the characteristic stress value correspond-
ing to the onset of non-Newtonian fluid behavior.

The Newtonian viscosity is described by an expo-
nential dependence on pressure p and temperature θ at
a high pressure, as it follows:

(2)

where β0 is the temperature coefficient of viscosity at
an atmospheric pressure; γ is the coefficient of com-
bined temperature and pressure effect on the oil vis-
cosity;  is the atmospheric viscosity;  is the iso-
thermal Newtonian viscosity; and  is the piezovis-
cosity coefficient.
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For practical calculations of hydrodynamic friction
coefficient , the authors of [2, 3] have obtained the
following relationship:

(3)

where  is the mean Hertzian pressure and S is the
dimensionless shear stress.

The dimensionless shear stress can be determined
according to the following relationship:

(4)

and can be calculated using the following formula

(5)

where  is the average shear stress in the contact zone,
Φ is the dimensionless temperature change, Di is the
isothermal Deborah number, and σi is the dimension-
less isothermal shear rate.

In order to determine these parameters the follow-
ing relationships are used:

(6)

Here, ς is the ratio between the increase in oil film
temperature and the shear work caused this increase;
h is the thickness of the oil film; b is the half-width of
the contact zone, Γ is the shear modulus of the liquid;
u is the rolling velocity; Kf is the thermal conductivity
of the oil; Km is the thermal conductivity of the mate-
rial composing the contacting parts; Cm is the specific
heat capacity of the material of the contacting parts;
and ρm is the material density of the contacting parts.

The friction curves determined using a friction
machine are usually divided into three zones [2, 3, 10].
The zone of small slide–roll ratio is linear. In the sec-
ond, nonlinear zone, the friction coefficient increases
until it reaches its maximum value. In the third zone,
the friction coefficient gradually decreases, since result-
ing from self-heating in the contact zone, the viscosity
of the lubricant decreases and its structure changes
[11]. This zone is called a thermal zone.

As an example, let us consider the application of
this model to polyalphaolefin oil belonging to an ISO
VG 320 viscosity group, the experimental friction
curves of which have been reported by the authors of
[5] under a designation of PAO1. These data have been
obtained under rolling a ball with a diameter of 19 mm
against a disk with a diameter of 100 mm, the ball and
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Fig. 1. Comparison of experimental and calculated friction
curves for PAO1 grade oil at different temperature values,
at a maximum contact pressure of 1 GPa and at a rolling
velocity of 2.5 m/s. The dots correspond to experimental
values [5], the lines corresponding to calculated values:
(1, m) 40; (2, h) 50; (3, s) 60; (4, e) 80; (5, n) 100°С.
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Slide–roll ratio Fig. 2. Calculated friction curves for PAO1 grade oil in the
contact zone between the inner ring and the roller of a
cylindrical roller bearing at a ring rotational frequency of
530 rpm, at a temperature of 50°C and at maximum con-
tact pressure values amounting to (1) 0.7; (2) 1.5; (3) 2; and
(4) 2.5 GPa.
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the disk being made of AISI 52100 grade steel. Based
on the results presented here, the following tempera-
ture dependences have been taken into account: kine-
matic viscosity  mm2/s; piezovis-
cosity coefficient  GPa–1; oil
shear modulus 

 MPa; and characteristic stress
 MPa, where T is the temperature

in Celsius.
The other rheological parameters of the oil are Kf =

0.1304 W/(m K); γ = 1.2 × 10–10 (K Pa)–1; β0 =
0.023 K–1. For the contacting steel parts, Km =
45.4 W/(m K); ρm = 830 kg/m3; and cm = 520 J/(kg K).

The comparison of experimental [5] and calculated
friction curves for PAO1 grade oil in the temperature
range of 40–100°C, at maximum contact pressure of
1 GPa, and at a rolling velocity of 2.5 m/s, is shown in
Fig. 1. The contact interaction parameters were calcu-
lated using Hertz formulas for a point contact.

The effect of contact pressure on the friction curves
of the same oil is presented in Fig. 2 by the example of
contact between the inner ring and the roller of a
cylindrical roller bearing for the case of a constant
rotational frequency of the ring. The raceway diameter
amounted to 180 mm, the roller diameter being
21 mm. The contact interaction parameters have been
calculated using Hertz formulas for a linear contact.

THERMAL ZONE OF FRICTION CURVES
The decrease in the friction coefficient with

increasing slide–roll ratio in the thermal zone on the
experimental friction curves is caused by an increase in

−ν = 2.41512367473 T
α = −15.666 0.0666 T

Γ = ++ − 27.444 0.0163  0.002083 T T
30.0000121 T

τ = −0 8.46 0.054 T
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the heat release power. This power can be calculated
according to the following relationship:

(7)

where Q is the normal force; v is the sliding velocity
amounting to the difference in the velocities of the
contacting surfaces: v = v1 – v2, v1 > v2.

The experimental friction curves are usually plot-
ted for a constant rolling velocity that can be deter-
mined according to relationship u = (v1 + v2)/2. Then,
instead of (7), one can write

(8)

where s is slide–roll ratio, s = v/u.

Since the decrease in the friction coefficient with
increasing slide–roll ratio in the thermal zone of the
experimental curves occurs slowly, then the product
μhds increases and the heat release power exhibits an
increase.

The condition for increasing heat release power
written as

(9)

for the case of the thermal zone can be represented in
the following form

(10)

Under the conditions of a f luid friction mode in the
thermal zone, for known experimental friction curves,
the left side of inequality (10) represents a monotoni-
cally increasing function of s, whereas the right side is
a monotonically decreasing function. Taking into
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account inequality (10) at s < 1, it can be replaced by a
more stringent one

(11)

Next, let us consider the cases when one of the
velocities of the contacting bodies is maintained con-
stant. For the case of v2 = const, one can write:

(12)

It is obvious that always

(13)

For the case of v1 = const

(14)

Here,

(15)

Term  in the relationships written above

reflects both the conditions under which the change in
heat release power and the rheological properties of
the oil are determined, whereas the second terms
depend only on the kinematic conditions under con-
sideration. Inequalities (13) and (15) show that the
case of v2 = const promotes increasing heat release

power with an increase in slide–roll ratio to a greater
extent than the case of v1 = const.

The slide–roll ratio between the rolling elements
and the raceways in bearings is considered for the case
of a “stopped separator” [12]. In most practical cases,
the rotational frequency of the bearing rings under
operation are preset. However, since the rotational
frequency of the separator depends on the slipping of
the rolling elements, then in the case of a stopped sep-
arator, rotational frequencies of the rolling elements
depend on slipping, too. As an example, let us con-
sider a roller bearing having cylindrical rollers with a
rotating inner ring and a fixed outer ring. It can be eas-
ily seen that changing heat release power in the contact
zone between the inner ring and the roller can be
described by the following relationship:

(16)

where vo is the sliding velocity in the contact zone
between the roller and the outer ring, si is the sliding-
to-rolling ratio in the contact zone between the roller
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and the inner ring, ωi is the angular velocity of the
inner ring, parameter ϕ = Ri/(2Rm), Ri is the radius of
the inner ring raceway, and Rm is the circle radius of
roller centers.

For the bearing considered above, the condition of

(17)

is satisfied at si ≤ 0.94.

The change in the heat release power in the contact
zone between the outer ring and the roller can be
described by the following relationship:

(18)

where vi is the sliding velocity in the contact zone
between the roller and the inner ring, so is the sliding-
to-rolling ratio in the contact zone between the roller
and the outer ring.

It is quite easy to verify that at the same values of the
normal force, of the slide–roll ratio and of the friction
coefficient in the contact zones of the roller with the

inner and outer rings .

Thus, the contact conditions between the rollers
and the inner ring promote an increase in heat gener-
ation power to a greater extent than the contact condi-
tions between the rollers and the outer ring. In addi-
tion, the results of experimental and theoretical stud-
ies show that when operating bearings with a rotating
inner and fixed outer rings, the slide–roll ratio for the
inner ring is to a considerable extent higher than that
for the outer ring. Both of these circumstances indi-
cate a significantly greater hazard of seizing for the
case of the inner ring than is observed for the outer
ring, which is confirmed by the statistics of rolling
bearing failures [8, 13].

The operation of a bearing in the thermal zone is
unacceptable, since decreasing friction coefficient
with an increase in sliding under bearing operation, in
turn, leads to a greater increase in the slide–roll ratio
and, consequently, to a greater increase in heat gener-
ation. The process with such positive feedback is
accompanied by a decrease in the thickness of the oil
layer and, if not interrupted, inevitably leads to a
boundary friction mode and to seizing. In order to
exclude the operation of the bearing in the thermal
zone, the slide–roll ratio in the bearing under opera-
tion should be lower than critical value scr so that the

friction curve corresponds to the maximum value of
the friction coefficient and the onset of the thermal
zone. In this case, it is desirable to have a certain mar-
gin with respect to sliding, scr/s > 1.

The comparison of the experimental [5] and calcu-
lated critical slide–roll ratio values depending on tem-
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Fig. 3. Critical slide–roll ratio depending on temperature
for PAO1 grade oil at a maximum contact pressure of
1 GPa and at a rolling velocity of 2.5 m/s: (1) experimental
curve; (2) friction model.
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Fig. 4. Calculated critical slide–roll ratio depending on the
maximum contact pressure in the contact zone between
the inner ring and the roller of a cylindrical roller bearing
at a ring rotational frequency of 530 rpm and at different
PAO1 grade oil temperature values: (1) 40; (2) 60; (3) 80;
and (4) 100°С.
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contact zone between the inner ring and the roller of a
cylindrical roller bearing at a ring rotational frequency of
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Fig. 6. Friction curves for PAO1 grade oil at 40°C, at a
maximum contact pressure of 1 GPa and at a rolling veloc-
ity of 2.5 m/s: (1) experimental values [5]; (2) recon-
structed isothermal curve [5]; (3) calculation according to
a model presented in [2, 3]; and (4) calculation according
to a model presented in [2, 3] with no self-heating taken
into account.
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perature for PAO1 grade oil is shown in Fig. 3. By the
example of the abovementioned contact between the
inner ring and the roller of a roller bearing, Fig. 4
shows that the critical slide–roll ratio decreases with
increasing maximum contact pressure at different
temperature values.

Other oils exhibit similar properties. The calculated
relationships for MN-7.5u grade oil are shown in
Fig. 5 for the case of contact between the roller and the
inner ring of a roller bearing whose inner raceway
diameter and roller diameter amount to 165 mm and
15 mm, respectively. For the calculations, hydrody-
namic oil parameters reported by the authors of [14]
have been used.
JOURNAL OF FRICTION AND WEAR  Vol. 43  No. 4 
The friction model described in [2, 3] can be used
in order to reconstruct isothermal friction curves.
After the model parameters are determined from the
experimental curves, it is sufficient to exclude
accounting for the self-heating phenomenon from the
model. The comparison of the PAO1 grade oil friction
curves reconstructed according to different methods
for a temperature of 40°C is shown in Fig. 6. From
Fig. 6 one can see that the effect of self-heating on the
friction curves is exhibited mainly in the thermal zone.
The calculated value of the critical slide–roll ratio
amounts to 0.16, the experimental value being 0.19.

Owing to the fact that the operation of a bearing in
a thermal zone is undesirable, and the effect of self-
 2022
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heating is exhibited mainly in the thermal zone on
friction curves, the issue of the reconstruction accu-
racy of isothermal friction curves with the use of dif-
ferent methods for the design of rolling bearings is not
relevant.

CONCLUSIONS

Conditions required for the onset of seizing under
hydrodynamic contact between parts in the course of
rolling friction have been studied. To do this, a well-
known friction model has been used making it possible
to take into account the phenomenon of self-heating
in the oil film [2, 3]. The fact that a correct description
of friction curves using this model is quite possible has
been confirmed via comparing the experimental data
obtained by the authors of [5]. Relationships describ-
ing changes in the heat release power as the sliding-to-
rolling ratio in the oil film increases under different
conditions of interaction between the contacting bod-
ies, as well as in the contact zones between the rollers
and rings of bearings with cylindrical rollers. Condi-
tions are obtained under which an increase in the heat
release power continues in the thermal zone of friction
curves despite a decrease in the friction coefficient. It
is shown that the bearing seizing hazard occurs when
the bearings operate in the thermal zone. A concept of
critical slide–roll ratio that represents a boundary of
the thermal zone of friction curves, has been intro-
duced. The dependence of this quantity on the contact
pressure and temperature has been studied. In order to
prevent seizing in bearings, it is necessary to provide a
margin with respect to critical sliding at the bearing
design stage.

NOTATION

b is the half-width of the Hertz contact

Cm is the specific heat capacity of contacting

parts

Di is the isothermal Deborah number

G is the shear modulus

h is the film thickness

Kf is the thermal conductivity of oil

Km is the thermal conductivity of contacting

parts

N is the heat dissipation power

is the mean Hertzian pressure

Q is the normal force

Ri is the inner ring raceway radius

Rm is the circle radius of roller centers

S is the dimensionless mean shear stress

s is the slide–roll ratio

scr is the critical slide–roll ratio

T is the temperature

u is the rolling velocity

p
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v is the sliding velocity

v1, v2 are the velocities of contacting parts

is the effective piezoviscosity coefficient

β0 is the viscosity–temperature coefficient

at atmospheric pressure

Γ is the shear modulus of f luid

γ is the coefficient of cross term of viscos-
ity–temperature–pressure relation

ς is the ratio between the increase in oil
film temperature and the shear work
caused this increase

ηN is the Newtonian viscosity

is the atmospheric viscosity

is the isothermal Newtonian viscosity

μbd is the friction coefficient under boundary

lubrication conditions

is the friction coefficient under hydrody-
namic lubrication conditions

ρm is the material density of contacting parts

σi is the dimensionless isothermal shear rate

τ is the shear stress

τ0 is the characteristic stress value corre-

sponding to the onset of non-Newtonian
fluid behavior

is a mean shear stress

Φ is the dimensionless temperature change

ϕ is a parameter
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