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Abstract—The article presents the results from studying methods and means for reducing the transfer of vibra-
tion and pressure pulsations from power installations through elastic vibration isolators of pipelines carrying liq-
uids (cooling water, condensate, or petroleum products) by suppressing the vibration forces and pulsations of
the medium by active suppression systems. The results of studies into this subject carried out within the frame-
work of the agreement between the Russian Scientific Foundation and the Tsiolkovskii Kaluga State University
are reported. The article discusses the results from calculation and experimental studies aimed at determining
the influence of liquid on the vibration-isolating performance of different kinds of pipeline compensators,
including those based on bellows, sleeve-type ones made of rubber cord materials, those based on rubber cord
shells, and compensators of a new type containing elastic inserts made using thin-layered rubber-metal elements
with the minimal interaction between the structure and working medium. The investigations were carried out
with the aim to minimize the transfer of vibration through the compensator by improving its design. The results
from experimental studies into the effectiveness of joint suppression of the vibration and pressure pulsations by
active methods for reducing the transfer of vibration from power installations to the foundation by means of
pipeline compensators are presented. It is shown both analytically and experimentally that there is a frequency
band in which the vibration forces transferred through the compensator structure are suppressed by the forces
from pressure pulsations. The transfer of vibration becomes a factor of ten or more less than it is in the compen-
sator tested without liquid. A physical explanation for this phenomenon is given, and ways of using it in practice
are suggested. A two-channel active vibration protection system with a digital control device containing control-
lers in the form of standard Butterworth, Chebyshev, and band-pass filters, as well as resonance sections in its
feedback circuit, is experimentally studied. With the active joint wide-band suppression of vibration forces and
pressure pulsations determining the transfer of vibration through the compensators of pipelines with liquid, the
effectiveness was found to be up to 32 dB in the frequency band from 10 to 350 Hz.

Keywords: power installation, vibration, pressure pulsations, vibration forces, vibration protection, air noise,
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The modern industry constructing power machin-
ery and equipment faces growing requirements for
decreasing the transfer of vibration from operating
installations to the foundation and environment [1].
The extent to which vibration of an installation itself
can be decreased is limited by the achieved level of
technologies, by physical processes, overall dimen-
sions and weight, and cost considerations. The propa-
gation of vibration and noise into the environment can
be decreased by using vibration-isolation methods.
Article [1] describes the results from our developments
of modern, high-efficient vibration-isolation means
that use both the structure of pipelines and the work-
ing medium carried by them. It is pointed out that the
recent decades have witnessed development of active

methods for suppressing noise and vibration both in
their source and along their propagation paths, with
making references to the extensive studied literature
on these methods and to the results obtained from
investigations of active vibration suppression methods
and also dynamic forces, air noise, and liquid pulsa-
tions in pipelines.

The vibration force transferred to the foundation
is proposed to be used as the vibration-transfer crite-
rion [1]. Without taking into account the foundation
stiffness, which is essentially higher than that of the
vibration isolator, the force amplitude is equal to the
product of vibration amplitude at the place in which
the vibration isolator is attached to the installation by
430



EXPERIMENTAL AND CALCULATION STUDIES INTO THE POSSIBILITIES 431

Fig. 1. Schematic diagram of the installation and vibration
deformation of a (a) straight, non-balanced bellows-type
compensator and a (b) balanced angular compensator with
an RCS between the pump and pressure pipeline. 1—Pump;
2—pump delivery pipe; 3—system pipeline; 4—pressure
pipeline compensator; 5—pipeline support; 6—foundation;
7—shock absorbing (pump support vibration isolation);
8—working medium (water); 9—pump runner; 10—RCS;
11—inner casing; р0 denotes static pressure downstream of
the pump; pp denotes pressure pulsations from the pump;
pc denotes pressure pulsations from the compensator
vibration deformation; i = x, y, and z are coordinate axes;
Qpi denotes vibration forces acting on the foundation
through the pump shock absorber; Qti denotes vibration
forces from the pipeline downstream of the compensator
that act on the foundation; Ω is the pump runner angular
rotation frequency; arrows show overflow of liquid between
the compensator cavities. 
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the modulus of its transient vibration stiffness С(f).
Accordingly, С(f) is defined as the ratio of the vibra-
tion force transmitted to the foundation at the vibra-
tion isolator fixed outlet to the vibration at its inlet at
the frequency f and is a complex quantity [2]. For
comparing different vibration isolators, it is conve-
nient to compare the С(f) modulus values in the fre-
quency band of interest [1, 3, 4].

It is pointed out in [1] that, with a growth of defor-
mation frequency, the experimentally measured tran-
sient vibration stiffness can increase by a few orders of
magnitude with respect to the static stiffness in a wide
frequency band for almost all vibration-isolating com-
pensators of liquid-carrying pipelines. In view of this
circumstance, the transfer of vibration forces via pipe-
lines can be one, two, or even more orders of magnitude
higher than the similar parameters of support vibration
isolation. If the compensator contains liquid, this may
also result in that the transient vibration stiffness
becomes one or two orders of magnitude higher in com-
parison with its structural component (without liquid).

Our search in the literature has not revealed—
except for the activities carried out within the frame-
work of this study—any data on studying the interac-
tion between the pulsations of medium and vibration
in the compensators and on reducing the transfer of
vibration and pressure pulsations through the com-
pensators of liquid-carrying pipelines using passive
and active methods. In some cases, the transfer of
vibration from power installations via pipelines can be
several orders of magnitude higher than via the sup-
port structures. This must be taken into account in
designing the vibration isolation of power equipment
from its foundation and from the environment along
the route of water-carrying pipelines in the industries
constructing power and transport machinery and
equipment, in the shipbuilding industry, and also in
designing the petroleum and gas pipelines at pumping
stations. For reducing the transfer of vibration via a
pipeline by means of vibration-isolating compensa-
tors, it is necessary to decrease their structural stiffness
and reduce the forces produced by pulsations of work-
ing medium pressure inside the compensator in a wide
frequency band using structural or active methods.

At present, there are hardly any activities on study-
ing the transfer of vibration and pressure pulsations
through the compensators of liquid-carrying pipe-
lines; there are no relevant physical and analysis mod-
els that would describe the growth of vibration transfer
through them with the compensator deformation fre-
quency f, nor are there any activities on developing
means and methods for active suppression of pressure
pulsations and dynamic forces transmitted through
such compensators. Below, the results of the work per-
formed by the authors on this subject within the
framework of the agreement between the Russian Sci-
entific Foundation and Tsiolkovskii Kazan State Uni-
versity are presented.
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CHARACTERISTICS
OF PIPELINE COMPENSATORS

Figure 1a shows the schematic diagram of the
installation and the vibration deformation for the
straight bellows-type compensator not balanced with
respect to inner static pressure. The thrust forces
between the connection f langes occurring in unbal-
anced, high-pressure large-diameter compensators
can reach several thousand kilonewton, which is unac-
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Fig. 2. (a) Angular (on the left) and straight (on the right) balanced compensators made using bellows and (b) axial deformation
scheme of a straight balanced bellows-type compensator. δ is the axial displacement of the movable f lange; S is the cross-section
area of small (extreme) bellows, and 2S is the area of the large (middle) bellows. 1—Pump movable pipeline; 2—small bellows;
3—large bellows; 4—rigid bilateral braces; 5—fixed pipeline; 6—working medium (water). Arrows show overflow of liquid
between the compensator cavities.
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ceptable. In practice, balanced compensators are nor-
mally used. Such compensators are free from such
forces because these forces are structurally closed to
the strength components inside the compensator. Fig-
ure 1b shows the schematic design of an angular bal-
anced compensator made on the basis of diaphragm-
type rubber cord shells (RCS) 10, which is installed
between pump 1 and pipeline 3. The arrows show the
working liquid’s f low direction in the pipeline and the
liquid’s overflow direction between the cavities in the
compensator. The thrust forces close to the compen-
sator’s inner casing 11 (connected with the pipeline)
and to its outer casing 4 (connected with the pump).
Two RCSs 10 serve to ensure tightness, displacements,
and vibration isolation.

Figure 2a shows the angular and straight balanced
compensators made using bellows that are commer-
cially available from AO Kompensator in St. Peters-
burg. Figure 2b schematically shows the axial defor-
mation of the straight balanced bellows-type compen-
sator. The arrows show the overf low of water between
the cavities of the large and small bellows at the mov-
able f lange axial displacement δ.

An analysis of balanced compensators' deforma-
tion schemes shows (see, e.g., Figs. 1b, 2b) that the
thrust force from the inner static pressure р0 between
the f langes is equal to zero. During the mutual dis-
placement of the f langes, the compensator’s total
inner volume remains constant. The results of experi-
ments reported in [1–4] show that such compensators
feature significant transient vibration stiffness and
produce working medium pressure pulsations during
their vibration deformation as part of the pipeline.
With a growth of frequency, the increase of vibration
stiffness with respect to static stiffness can be as much
as a few orders of magnitude for all types of liquid-
containing compensators. If a compensator contains
liquid, its vibration stiffness may become noticeably
THERMAL ENGINEERING  Vol. 67  No. 7  2020
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Fig. 3. Transient vibration stiffness С(f) of angular balanced compensator 4 250 mm in diameter with diaphragm-type RCS 10
shown in Fig. 1b with (1) water and (2) air in the axial direction z. 
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higher, which is due to interaction between the liquid
and compensator structure during their vibration. Fig-
ure 3 shows the effect that the deformation frequency f
and the presence of water have on the experimentally
determined axial transient stiffness С of the angular
balanced compensator equipped with a diaphragm-
type RCS 250 mm in diameter shown in Fig. 1b. With
the growth of frequency, the stiffness increases by
three orders of magnitude. With the presence of water,
total stiffness 1 increases by almost two orders of mag-
nitude in comparison with structural stiffness 2 in a
wide frequency band up to 650 Hz.

Figure 4a shows a straight balanced compensator
with a diaphragm-type RCS 750 mm in diameter, and
Fig. 4b shows its transient vibration stiffness in the axial
direction when the compensator contains (I) water and
(II) air. The growth of total vibration stiffness 1 for the
compensator with water is four orders of magnitude in
comparison with the static stiffness (see Fig. 4b) in the
frequency band from 20 to 120 Hz and higher. The
availability of water results in that the vibration stiffness
in this frequency band is two orders of magnitude
higher in comparison with structural stiffness 2.

For comparison, Fig. 5 shows the experimentally
determined transient vibration stiffness of a pneumatic
vibration isolator for the rated load equal to 2000 kN.
This stiffness varies only slightly at least up to 200 Hz.
The compensator with water shown in Fig. 4 has an
essentially higher stiffness at frequencies 50–100 Hz.

The investigations of compensators up to 750 mm
in diameter made on the basis of RCSs, bellows, and
rubber cord sleeves have shown that the influence of
water in them is inversely proportional to structural
stiffness. Hence, attempts to decrease the structural
stiffness do not help reduce the transfer of vibration,
which is determined by pressure pulsations. The com-
pensator turns to be a powerful source of pressure pul-
sations and vibration forces.
THERMAL ENGINEERING  Vol. 67  No. 7  2020
PHYSICAL AND ANALYTICAL 
VIBRATION DEFORMATION MODELS

OF COMPENSATORS CONTAINING LIQUID
Vibration and vibration forces can be transmitted

through the compensators of pipelines with liquid in
the following ways:

(1) via the structure of the compensator and its
elastic components;

(2) through pressure pulsations pp (see Fig. 1) that
are already available at the compensator inlet (e.g.,
from the running pump), which act on the walls of the
compensator and of the pipeline behind of it;

(3) through the dynamic forces that occur during
vibration deformation of elastic components due to
oscillatory change of their areas under the effect of
the inner static pressure р0 in the compensator (see
Fig. 1); and

(4) through the occurrence of pressure pulsations pc
(see Fig. 1) in the compensator itself during its vibration
deformation as part of the pipeline.

Below, the physical models for the last case are
considered.

In a statically balanced compensator, a static thrust
force between the connection f langes due to inner
pressure does not occur and forces, if any, close inside
the compensator structure. In designing such com-
pensators, measures are usually taken to ensure the
required mutual static displacements of the f langes as
well as strength, static stiffness, and balancing with
respect to static pressure. When mutual displacements
of the f langes occur in a balanced compensator con-
taining incompressible liquid (water) and with the
installed plugs, no changes take place in the total inner
volume and static pressure. It can be seen from Figs. 1,
2, and 4 that balanced compensators have rather com-
plex designs. They have local cavities inside of them,
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Fig. 4. (a) Straight balanced compensator with a diaphragm-type RCS 750 mm in diameter and (b) its transient vibration stiffness
С(f) in the axial direction with (I) water and (II) air. 1–3—Diaphragm-type rubber cord shells; 4—rigid ties; 5—inlet pipeline;
6—outlet pipelines; 7—working f luid (water). Arrows show overflow of liquid between the compensator cavities. 
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Fig. 5. Stiffness of the RCS-based pneumatic vibroisolator versus the disturbance frequency under static loads equal to (1) 2000 kN
and (2) 2500 kN. 
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the volumes of which change during deformation. The
possible arrangements for axial and transverse defor-
mation and for the motion of working f luid in them in
different designs of compensators are analyzed in
detail in [4].

According to the analysis carried out in [4], defor-
mation is accompanied by the overflow of working
medium between the inner local volumes with the
compensator’s total volume remaining unchanged.
The larger the movable mass of liquid and the higher
its acceleration, the higher the pressure pulsations that
occur. In acting on the compensator and pipeline
inner surfaces, the pressure pulsations produce
dynamic forces transmitted to the pipeline and foun-
dation. The combined numerical and experimental
analysis of the pulsations occurring in such compensa-
tors that was carried out in [4] was aimed at revealing
clear, simple for calculation, and structurally control-
lable physical models describing the occurrence of
pulsations, which is required for obtaining the analysis
THERMAL ENGINEERING  Vol. 67  No. 7  2020
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dependences and for estimating the significance of all
these models in each particular case. This is necessary
in elaborating measures aimed at reducing pressure
pulsations and the dynamic forces generated by them,
which are transmitted by the compensators.

The available literature sources do not contain
information on the development of such models and
their analysis schemes nor do they contain informa-
tion on determining why the vibration stiffness of
compensators containing water shows an essential
growth with frequency. In [2], a dependence of exper-
imentally obtained transient vibration stiffness values
of compensators on frequency is only pointed out, and
methods for experimentally determining them are
given. In accordance with [2], the complex frequency-
dependent matrix that describes the transfer of forces
and pulsations through the compensator has the
dimension 13 × 13. The entries of such a matrix can be
determined experimentally; however, it is not clear
which of them should and in what way be modified to
reduce the transfer of vibration through the compen-
sator at the specified frequency. Therefore, it is neces-
sary to develop physically clear models that would
describe the occurrence of working medium pressure
pulsations and dynamic forces transmitted by com-
pensators in undergoing vibration deformation. Based
on an analysis of the vibration deformation of the
existing compensators designs [4], we have developed
the following models describing the occurrence of
pressure pulsations in their cavities excited by vibration
displacement of the f langes.

Model 1. The pressure pulsations are solely deter-
mined by the vibration of the compensator (or the pipe-
line) as a rigid body moving together with the liquid.

Model 2. The pressure pulsations are determined
by the local changes of volumes in individual sections
or cavities of the compensator (bellows corrugations or
RCS cavities) when it undergoes vibration deforma-
tion; as a result, the following two excitation models
can be identified:

(1) model 2a, which describes the overflow of liquid
between the compensator’s local inner volumes, and

(2) model 2b, which describes the displacement of
liquid from the slit when a change occurs in the local
volume.

In deriving analytical relations for calculating the
distribution of pressure pulsations, the vibration forces
occurring in the compensators, and the compensator’s
transient vibration, certain assumptions were taken in
[4] based on the above-mentioned models and taking
into account the design parameters and vibration fre-
quency and amplitude. Under field conditions, the
forces acting from a pump on the compensator’s inlet
(movable) f lange are not known. The kinematic exci-
tation of the compensator inlet f lange, with the outlet
f lange assumed to be fixed, is considered. According
to safety considerations, the maximum permissible
vibration velocity of power equipment by its general
THERMAL ENGINEERING  Vol. 67  No. 7  2020
level in the frequency band 10–1000 Hz during opera-
tion is limited to 11 mm/s (and up to 4 mm/s for nor-
mal operation). This corresponds to the vibration
amplitude A = 0.2 mm at the 10 Hz frequency. Since
the vibration amplitude decreases with increasing the
frequency and the characteristic gaps in the compen-
sators are larger than 1 mm, the maximal vibration
amplitude is essentially smaller than the characteristic
gaps and characteristic linear sizes of the compensa-
tor, due to which the problem can be solved in its lin-
ear statement. In view of this circumstance, it is possi-
ble to neglect the working f luid viscosity during over-
flow because, at a velocity of up to 11 mm/s, the
Reynolds number and the friction forces are small.

The compensator (pipeline) walls are absolutely
rigid. The elastic components (the RCS and bellows
corrugations) ensure the required displacements but
they are inextensible; that is, in changing the static pres-
sure р0 inside the compensator, the volume of the cavi-
ties formed by these components remains unchanged.
The static and vibration stiffness of the elastic compo-
nents in the displacement direction can also be
neglected (it can be taken equal to zero) assuming that
the transmitted forces are solely determined by pulsa-
tions (there is no structural stiffness).

COMPENSATOR STIFFNESS
VALUES EVALUATED USING 
THE DEVELOPED MODELS

In [4], analytical relations for the developed physi-
cal models were derived, computations were carried
out, and the calculation results were compared with
the results of experiments carried out on specially fab-
ricated benches and models. The calculations were
carried out for the water density ρ = 998 kg/m3 and the
experimentally measured sound velocity in the bench
pipe water equal to 1250 m/s.

For model 2a, the pressure pulsations occurring in
water at different points over the length of a 1 m long
pipeline 100 mm in diameter were measured in the
experiment. For comparison, Fig. 6 shows the calcu-
lated and experimental pressure pulsation spectra at a
distance of 0.875 m from the pipe bottom. Good
agreement between the calculated values (obtained
with (α = 0.06 m–1) and without (α = 0) taking into
account the wave attenuation in water) and measure-
ments to a frequency of around 1600 Hz serves as con-
firmation of the validity of the analytical formulas.

For model 2b, the experiment and calculations
were carried out in the frequency band 0–1600 Hz in
a tube with the diameter Dt = 0.08 m filled with water
to the height Н = 0.069 m. The piston had the diame-
ter Dp = 0.05 m and height hp = 0.005 m. Good agree-
ment between the calculated and experimental spectra
of the transient vibration stiffness to frequencies of
600–1000 Hz was obtained (Fig. 7).
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Fig. 7. Comparison of the calculated and measured vibration stiffness values for model 2b with a 50-mm slit diameter and 1-mm
gap in a 80-mm diameter pipe. 
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Fig. 6. Comparison of calculated and experimental pressure pulsation spectra for model 2a in a 100-mm diameter pipe with a bel-
lows-type compensator at the distance х = 0.875 mm from the pipe’s bottom. 

60

80

100

120

0 200 400 600 800 1000 1200 1400

2

1

f, Hz

L, dB
It is shown in [4] that the following expression is
valid for the transient vibration stiffness of a liquid-
containing compensator С(f) for all three models:

(1)

where Qz is the force at the compensator outlet, A is the
vibration amplitude at its inlet, ω is the angular vibra-
tion frequency of the compensator flanges, ρ is the liq-
uid density, and kgeom is a coefficient that depends only
on the compensator geometrical parameters.

It follows from expression (1) that the transient
vibration stiffness С(f) caused by pressure pulsations in
the compensator due to its vibration deformation is

( ) = = 2
geomω ρ ,zC f Q A k
proportional to the working f luid density and the
square of the deformation frequency. The latter can
serve as a diagnostic sign indicating that it is particu-
larly this stiffness model that predominates in carrying
out the experiment.

The use of the considered models made it possible
to construct analytical relations for calculating the
pressure pulsations, vibration forces, and transient
vibration stiffness of different compensators. The cal-
culated and experimental data shown in Fig. 8 for the
balanced angular compensator on the basis of bellows
(see Fig. 2) can be regarded to be in good agreement
with each other to frequencies of about 650 Hz.
THERMAL ENGINEERING  Vol. 67  No. 7  2020
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Fig. 8. Comparison of the (1) calculated and (2) experimental values of the axial vibration stiffness С(f) of the angular water-con-
taining a 100-mm diameter compensator (see Fig. 2a). 
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Fig. 9. Influence of water on the axial vibration stiffness С(f) of a 100-mm diameter angular compensator (see Fig. 2a). 1—With
air (structural stiffness); 2—with water. 

104

105

106

107

25 75 125 175

2

1

f, Hz

С, N/m
COMPENSATION OF STRUCTURAL FORCES 
BY PRESSURE PULSATIONS

Compensators made on the basis of bellows, sleeves,
rubber-cord shells, and thin-layered rubber–metal ele-
ments (TRMEs) were studied experimentally and ana-
lyzed numerically [1, 5]. For all designs, it has been
found that the vibration stiffness decreases (dips) notice-
ably in comparison with the structural component in
quite a wide frequency band owing to the availability of
water in the compensator. For the angular compensator
(see Figs. 2, 8) equipped with bellows 100 mm in diam-
eter, a dip is observed at frequencies from 50 to 150 Hz
(Fig. 9). The maximal decrease in the total stiffness by a
factor of 100 in comparison with the structural stiffness
occurs at a 110 Hz frequency. At frequencies above the
dip frequency, the availability of water in the compensa-
tor results in that the vibration stiffness becomes higher
in comparison with the structural component.

The following findings have been obtained from the
calculation and experimental investigations of the fac-
tors causing the dip in the dependence С(f). The struc-
tural component of the total force resulting from the
deformation of the compensator’s elastic components
acts in phase with the displacement A(f) of its inlet (mov-
able) flange. It is shown in [3, 4] that pulsations of pres-
sure р occur in phase with the flange acceleration and in
THERMAL ENGINEERING  Vol. 67  No. 7  2020
phase opposition with the flange displacement A(f).
Therefore, the forces caused by pressure pulsations and
the forces transmitted by the structure are subtracted
from each other. According to expression (1), the forces
caused by pulsation increase with the square of fre-
quency. At the central frequency corresponding to the
maximal dip, both of these forces mutually compensate
each other to yield the minimal values of the resulting
force and transient vibration stiffness С(f). At frequen-
cies below the dip central frequency, the phase shift
between the total force and the flange vibration is equal
to zero and is determined by the transfer of vibration
through the structure. At frequencies above the dip fre-
quency, the phase shift changes by 180° and is deter-
mined by the liquid pulsations.

The accomplished studies have revealed the design
measures using which the compensator’s transient
vibration stiffness can be minimized at the specified
frequency in the low-frequency band. This may be the
rotation frequency of the pump or compressor blades.
One of ways in which the dip frequency can be adjusted
is to change the compensator’s structural stiffness: the
higher this stiffness, the higher the dip frequency is.
This frequency can also be adjusted by changing the
oscillating liquid column height in the compensator,
e.g., by changing the length of the section between the
bellows (see Fig. 2a). The longer this section, the lower
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Fig. 10. Influence of pressure pulsation excitation model 2b
on the axial vibration stiffness С(f). (a) Compensator with a
TRME with the excluded model 2b and (b) comparison of
transient vibration stiffness values of 750-mm diameter
water-containing compensators at the same pressure: 1—
with a TRME (see Fig. 10a); 2—with an RCS (see Fig. 4a). 
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the dip frequency is. The use of this method does not
affect the compensator’s static stiffness.

DECREASING THE TRANSIENT STIFFNESS 
OF COMPENSATORS PROCEEDING
FROM THE DEVELOPED MODELS

The obtained models describing the occurrence of
pressure pulsations were analyzed for their signifi-
cance in regard of the transient vibration stiffness pro-
duced in different compensators, and it has been
shown from that analysis that, in some cases, model 2b
may have the greatest influence on the indicator С(f)
when pressure pulsations emerge in slits having a large
area and small height. Figure 10a shows the compen-
sator made using a 750-mm diameter TRME, in
which the occurrence of pulsations according to mod-
els 2a and 2b is ruled out completely owing to the
design features. For comparison, Fig. 10b shows the
curves of the transient vibration stiffness of the com-
pensator with a TRME (see Fig. 10a) and of the com-
pensator with an RCS (see Fig. 4a), which contains
water-filled slits having a large diameter and small
height. Owing to the exclusion of slits from the struc-
ture, the stiffness has been greatly—by a factor of ten to
100—decreased in the frequency band to 150 Hz.
RESULTS FROM STUDYING ACTIVE 
VIBRATION-PROTECTION SYSTEMS

In practice, the effectiveness of the known passive
design methods for reducing the dynamic forces and
pulsations in compensators is limited by the strength
and overall dimensions of the installations and com-
pensators and by the physical characteristics of the
working processes occurring in them. The vibration
intensity transferred through the compensators can be
decreased by using active vibration protection systems
(AVPSs) [1, 4, 6], which produce vibration effects com-
pensating the initial vibration produced by the installa-
tion during its operation. These may be vibration forces
acting on the structures connected to the installation in
phase opposition to the forces acting from the installa-
tion. The AVPSs for suppressing pressure pulsations
behave in a similar way: they can reduce both discrete
components in the vibration spectra and random vibra-
tions in a frequency band. Active systems can also be
used for decreasing the vibration of the installation
itself. Our search of the literature has not revealed any
publications on decreasing the transfer of vibration
through compensators of pipelines with liquid by means
of active methods. In what follows, the results from test-
ing the AVPS we have developed for suppressing vibra-
tion forces and pressure pulsations in liquid-containing
compensators are considered. The bench of a two-
channel AVPS on which the investigations were carried
out is shown in Fig. 11.

Plate 1 is installed on vibration force sensors 2 rest-
ing on foundation 3. Compensator 5 with pipe 4 and
water is mounted on plate 1. Pulsations of pressure р in
the pipe and compensator are produced by piston 6
and are measured by means of hydrophones 7. Piston 6
is excited by electrodynamic vibrator Vp with power
amplifier PAp. Pulsations of pressure р produce the
dynamic force Fp, which excite vibration of plate 1.
Vibration is structurally excited by vibrator Vv with
power amplifier PAv, which produce the vibration
force Fv acting on plate 1 through the compensator.
A random or sine-wave signal with the specified fre-
quency is applied to the power amplifiers from the sig-
nal generator SG. The total force Q with which the
vibration of plate 1 acts on foundation 3 is measured by
means of force sensors 2.

Vibrator Vc jointly with power amplifier PAqc pro-
duce compensating force Fc, which decreases force Q
measured by sensor 2. The signal for PAqc and Vc is
generated by multichannel control system CD through
processing signal Q from the force sensors. All vibra-
tors are vibroisolated from plate 1 and foundation 3 by
means of an elastic suspension with a natural fre-
quency of lower than 1 Hz. Piezoceramic radiator 8
jointly with power amplifier PApс produce compen-
sating pressure pulsations. The signal for radiator 8 is
generated by control system CD through processing
the signal from hydrophone 7.

The signal of the feedback sensor, force sensor 2, or
hydrophone 7 is applied to one of the control system
THERMAL ENGINEERING  Vol. 67  No. 7  2020
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Fig. 11. Bench of a two-channel AVPS. CD is a control
device, PA is a power amplifier, V is a vibrator, SG is a sig-
nal generator, and SA is a signal analyzer. The subscripts
denote the following: c is for compensation, p is for pres-
sure pulsations, and v is for vibration. 1—Plate; 2—vibration
force sensors; 3—foundation; 4—pipe; 5—compensator;
6—piston; 7—hydrophones; 8—piezoceramic radiator.
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Fig. 12. Results of active damping on the AVPS bench (see
Fig. 11). (a) Active damping of dynamic forces by the res-
onator at a 120-Hz frequency; (b) damping of the force by
first-order elliptical filters in the 30–70-Hz band, by sec-
ond-order filters in the 50–120-Hz band, and by two res-
onators at 130 and 160 Hz; (c) joint damping of pulsations p
and force Q at a 310-Hz frequency by a 335-Hz resonator in
the p channel with the phase π/2. 1—Initial signal; 2—
damping; 3—interference. 
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CD analog-to-digital converter’s inputs. This signal is
digitized and transmitted to the CD system’s processor
module, in which a narrow- or wide-band compensat-
ing signal is produced using a digital controller. This
signal is then directed to the relevant power amplifier
through a digital-to-analog converter.

The possibility of constructing an efficient control-
ler in the feedback circuit on the basis of standard
band-pass filters of different orders: the Butterworth
filters, Chebyshev filters, elliptical filters, and reso-
nance links (resonators) was studied. The control
device parameters were specified from a computer in
the MATLAB environment through the RS-485 inter-
face. The signals were monitored and processed by the
Puls-type multichannel signal analyzer SA produced
by Brüel & Kjær (Denmark).

The characteristics of the controller (filter) and the
feedback circuit gain were selected so as to maximally
suppress vibration without the loss of system stability. It
has been found from the study results that a controller
able to effectively suppress dynamic forces and pressure
pulsations in a wide frequency band can be constructed
on the basis of first- and second-order band-pass filters.
For making the AVPS more stable and efficient, the
wide-band filters were supplemented with resonators
with damping at the resonance frequencies that deter-
mined the system stability (an intense growth of vibra-
tion amplitudes at these frequencies was observed with
increasing the feedback circuit gain as the stability
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boundary was approached). The results of suppressing
the forces Q under the plate by the active method using
a resonator with the central frequency equal to 120 Hz
are shown in Fig. 12a. The force suppression ratio at the
120 Hz frequency reaches 32 dB. The width of the band
in which the force Q decreases by a factor of two or more
is from 80 to 150 Hz.

Figure 12b shows the results from wideband damp-
ing of forces Q under the plate using five elliptical filters
and a resonator at the 145 Hz frequency. It can be seen
that the vibration force damping ratio reaches 16 dB,
and the damping band width Δf makes almost five
octaves: from 10 to 280 Hz. At frequencies below and
above the active damping band, negative effectiveness
zones appear. These zones occur because the filter
inverses the signal phase at the boundaries of its oper-
ation, as a result of which it amplifies the initial signal
instead of damping it. In the case of using active
damping, the signals from interference 3, which go
from the foundation at the frequencies equal to 20–40,
50, 78, 100, and 150 Hz, are also suppressed.
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The Butterworth and Chebyshev filters have
demonstrated a somewhat less efficient behavior.
Numerous tests carried out with different versions of
filters of higher orders have shown that these filters are
less efficient in comparison with the proposed filters.

Figure 12c shows the results of damping the pulsa-
tions р at the resonance frequency equal to 310 Hz by
means of a 335 Hz resonator in the channel of pulsa-
tions with the phase equal to π/2. The signal at the res-
onance has been damped by a factor of 20 (26 dB) both
for pulsations and force. It should be noted that with
simultaneous excitation and active damping of forces
and pulsations, both damping channels operate suc-
cessfully having almost no influence on each other.

CONCLUSIONS
(1) The possibility to decrease the transfer of

vibration through liquid-containing compensators
installed on pipelines, also with the use of active
methods, has hardly been studied to the present at
all, although the solution of this problem is very
important for vibration-isolation purposes of equip-
ment along the pipeline route in the industries con-
structing power machinery and equipment, transport
vehicles, in shipbuilding, and also for petroleum and
gas pipelines at pumping stations.

(2) For the majority of pipeline compensators, a
growth in vibration stiffness by tens and hundreds of
times in comparison with the static stiffness with the
increase of frequency is observed. This growth is
caused by the occurrence of working f luid pressure
pulsations inside the compensator (when it undergoes
vibration deformation) and by the resonances of the
compensator structure.

(3) Comparison of experimental data with the
results from a numerical analysis of the transfer of
vibration and pressure pulsations through the com-
pensators made on the basis of bellows and rubber
cord shells, as well as through new types of compensa-
tors with thin-layered rubber–metal components, tes-
tifies to the validity of the physical and analytical mod-
els for calculating the interaction between the vibra-
tion of a compensator and the occurring pressure
pulsations that have developed proceeding from the
results of studying the transfer of vibration through
compensators containing working medium.

(4) In the experimentally revealed frequency band,
the vibration forces transferred through the structure of
a water-filled compensator are damped by forces caused
by pressure pulsations. Under such conditions, the
intensity of vibration transmitted through the compen-
sator decreases by a factor of ten or more in comparison
with the vibration transmitted through the structure of
a compensator without liquid. It is proposed to use this
phenomenon for practical applications.

(5) By using active damping systems, the forces and
pressure pulsations transmitted through the compen-
sator can be decreased by an order of magnitude or

more. Their damping ratio up to 32 dB in the fre-
quency band from 10 to 350 Hz has been obtained
experimentally.

(6) More efficient performance of active vibration
protection systems is limited by the occurrence of self-
oscillations in increasing the feedback circuit gains. One
of possible methods for increasing the effectiveness is to
introduce links with damping in the controller.

(7) Further investigations into joint active damping
of pressure pulsations and dynamic forces in the pipeline
compensators should be aimed at improving the control
algorithms and developing methods for calculating the
pulsations and vibration forces transmitted by liquid-
containing compensators used as part of a pipeline.
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