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Abstract

Background and Purpose Switched reluctance motors (SRMs) are a good choice for electric vehicle motors, because the
rare-earth elements are not necessary. Planetary gear transmission (PGT) has a large transmission ratio, high power density,
and compact structure. Therefore, the integrated electric driving system of the SRM-PGT is the development direction for
electric vehicle power transmission. The integrated electric driving system of the SRM-PGT is proposed in this paper.
Methods Aiming at this system, the dynamic model of the mechanical system is constructed using the reduced-order finite-
element method, which considers the flexibility of the gearbox, stator, ring gear, and carrier. A dynamic model of the SRM is
simultaneously constructed to obtain the nonlinear spatio-temporal electromagnetic torque and radial force waves. Finally, a
coupling dynamic model, including the mechanical, electric, and control systems, is built. The interaction between the PGT
and SRM with and without coupling is investigated under steady-state conditions and impact load conditions.

Results It is demonstrated that there is a strong coupling interaction between PGT and SRM. Under the impact load condi-
tions, the free-vibration mode of the system is excited and the free-vibration modes produced by different components are
different. The modal energy method and mode vector distribution are used to diagnose the potential dangerous components
of the system. Coupling can effectively suppress the shock oscillation of the system, but it also can increase the interaction
effect between the gear system and motor.

Conclusions Therefore, the coupling characteristic of the SRM-PGT system should be fully considered, which lays the
foundation for the integration design method.

Keywords Planetary gear - Switched reluctance motor - Electromechanical dynamic analysis - Integrated drive system

Abbreviations ij (j=A,B,C) Current of the jth phase
SRM Switched reluctance machine L Phase inductance
FEM Finite element method 0 Rotor mechanical rotating angle
. Wt Tooth width
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R Stator resistance .
. By, Flux density
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fe Carrier rotation frequency

I Meshing frequency

Ie Electromagnetic frequency

St The frequency components generated
by tooth separation

fa Natural frequency

Introduction

The switched-reluctance motor (SRM) is an excellent option
for motors in electric vehicles, because it is sturdy and has
a high starting torque; in addition, it does not require a per-
manent magnet with rare-earth elements. The rotating speed
is improved to increase the power density of the SRM; thus,
a reducing gear is needed to adapt to the working condi-
tions. Planetary gear transmission (PGT) is a good option for
reducing gears, with the advantages of a large transmission
ratio and high power density. Thus, the integration of the
SRM and PGT is a future option for power transmission sys-
tems in electric vehicles. The dynamic characteristics of the
SRM-PGT system should be further investigated, because
they have a significant effect on the noise vibration and hard-
ness (NVH) of electric vehicles.

The SRM dynamic model has been widely investigated,
and several common dynamic models have been elucidated
in [1, 2]. These models focus on the SRM torque calcula-
tion, whereas the radial force has a more significant effect on
NVH than electromagnetic torque to some extent. To date,
some models have been developed to calculate the radial
force of the SRM. Yang et al. [3, 4] proposed a model to
calculate the SRM radial force based on the magnetic circuit
theory when the rotor and stator poles overlap. In this model,
the radial force was calculated for three areas: the overlap-
ping area, nonoverlapping area of rotor poles, and nonover-
lapping area of stator poles. Husain et al. [5] also proposed
a model based on the magnetic circuit theory. In this model,
the radial force was calculated for two areas, including the
overlapping and nonoverlapping areas of the stator poles.
There are three options for calculating the radial force when
the stator and rotor poles do not overlap. One approach is
to neglect these forces, which are expected to be small. A
second approach is to assume that the force is equal to the
value computed using the pole overlap model for the rotor
position where the pole overlap begins. This estimate is too
high. The third approach assumes that there is no saturation
without pole overlap.

Many lumped-parameter dynamic models for planetary
gears have been proposed. Kahraman [6] proposed a purely
torsional model of a single-stage planetary gear set. Tao
et al. [7] established the planetary gear system dynamics
model and solved the dynamic response of the system by
considering various nonlinear factors such as gear meshing
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error and clearance. Yang et al. [8] established the dynam-
ics model of helical planetary gear system and comprehen-
sively studied the vibration characteristics of the system.
Zhou et al. [9] established the translational torsion dynamics
model of planetary gear and studied the effects of roiling
frequency, meshing damping, and backlash on bifurcation
and chaos characteristics of the system. Qiu et al. [10] estab-
lished a pure torsional dynamics model for planetary gears
and studied the effects of input speed fluctuations and damp-
ing on the system parameter instability. Khoozani et al. [11]
proposed a three-dimensional lumped mass model of a dou-
ble-helical planetary gear. Owing to their lightweight design,
some planetary gear dynamic models have been proposed
considering the flexibility of the ring and carrier. Sun et al.
[12] established the rigid-flexible coupling model of plan-
etary gearbox and analyzed the dynamic behavior of inner
gear ring. Chen [13] introduced the flexible body into the
rigid body dynamics, established the rigid-flexible coupling
dynamics model of Marine planetary gear, and analyzed the
dynamic response of the system under the failure of broken
teeth of the sun gear. Chen [14] carried out dynamics simu-
lation of planetary gear system considering ring gear flex-
ibility and ring gear root crack, respectively. Wu and Parker
[15] used Galerkin method and perturbation theory to study
the free-vibration frequency and vibration mode of planetary
gear transmission system with thin-walled inner gear ring
considered, and also studied the dynamic characteristics of
planetary gear transmission system with gear ring elasticity
considered. Fan and Tatar [16, 17] also introduced a flex-
ible sun shaft and ring gear using the Timoshenko beam and
shell theory. In these dynamic models, vibration displace-
ments are used, and the centrifugal force of the carrier is
ignored; therefore, it cannot be used for variable and high-
speed conditions. Wei et al. [18] proposed a fully coupled
dynamic model of planetary gears with a flexible shaft, ring
gear, and carrier using virtual beam elements. However, this
model ignores the centrifugal forces of the planets and carri-
ers. Wang and Parker [19] developed an analytical dynamic
model with the sun, carrier, and planets modeled as rigid
bodies coupled to an elastic continuum ring with bending,
extensional, and shear deformations. Coriolis and centrifugal
accelerations of planets relative to the carrier rotation were
included in this model. Therefore, Liu et al. [20] proposed
a hybrid model for a flexible helical planetary gear by cou-
pling the lumped-parameter dynamic models for the sun
and planets, and flexible for the ring and carrier. And this
model can be used in high-speed and nonstationary condi-
tions. Because the angular displacement was used to build
the model, it was also convenient to connect with the motor
for electromechanical analysis.

Till date, there have been some investigations on the elec-
tromechanical dynamic analysis of the motor-planetary gear
system. Liu et al. [21, 22] constructed an electromechanical
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dynamic model of a drum driving system and investigated
the electromechanical dynamic characteristics under shock
load and variable speed processes. Bai et al. [23] constructed
an electromechanical model that combined a permeance net-
work model of an electric motor and a coupled lateral tor-
sional dynamic model of a planetary gear. The interactions
between the motor and gear system were studied. Yi et al.
[24, 25] investigated the dynamic interaction behavior of an
electric motor drive multistage gear set for the better design
and monitoring of gearboxes operating under nonstationary
conditions, and found that the vibration frequencies of the
multistage gearbox in steady and transient states can be cap-
tured in the current, and the electric current can be applied to
reflect the external load variation and internal vibration sta-
tus of the driven gearbox under stationary or nonstationary
conditions. In these studies, the lumped-parameter dynamic
model was used for the gear system, and the flexibility of the
carrier and ring was not considered.

Thus, the SRM dynamic model is constructed first,
including the calculation of the radial forces. Then, the
dynamic model of the mechanical parts of the SRM-PGT
system is built using the reduced-order finite-element
method, which considers the flexibility of the components
(such as the SRM case, stator, ring gear, and carrier). Based
on these, an electromechanical dynamic model is con-
structed for the SRM-PGT system. Finally, the electrome-
chanical coupling dynamic characteristics and the interac-
tion between the PGT and SRM are investigated, with and
without the coupling between the motor and planetary gear
under steady-state conditions and impact load conditions.

Dynamic Model of SRM

The SRM and its parameters are shown in Fig. 1. The uni-
versal dynamic model is given by Eq. (1)

-

. d)‘ph(iph’ eph)
vph = Rslph -_—
dr
> aﬂph(lph’ ph)
EDY / ——diy, | ey
1 h
J d_co =T-T, - B,
| dr
where Voh R, iph, Aph, and Gph are the voltage, stator resist-

ance, current, flux linkage, and mechanical angle per phase,
respectively. J represents the rotor inertia, @ denotes the
mechanical rotational speed, T denotes the rotor torque,
T} denotes the load torque, and B,, represents the rotor
damping.

Tooth width: 34 mm
Stack height: 500 mm
Air-gap: 1.25 mm

' ‘ 209.2 mm
-. 250 mm

125 mm
127.5 mm

Fig. 1 Switched reluctance machine (SRM) and its Simulink dynamic
model from IMAG

For modeling convenience and accuracy, the Simulink
dynamic model from JMAG was used for SRM. However,
in this model, only the total torque was provided. Therefore,
the calculation of the radial and tangential forces on each
tooth is given next.

Decomposition of Torque on Per Phase

The conducting time of the phases of the SRM may overlap,
especially when the SRM starts or a large torque is required.
The torque in the Simulink model from JMAG contains
three phases; thus, it should be deposited in each phase.
The torque of each phase (7)) can be obtained using Eq. (2),
where ij (G=A, B, C) is the current of the jth phase, L is
the phase inductance, and 6 is the rotor mechanical rotating
angle. The phase inductance can be obtained by FEM, and L
and dL/d@ are shown in Fig. 2. A comparison of the torque of
each phase from the method in this study and FEM is shown
in Fig. 3, validating the method of decomposition of torque
per phase. Torque spectrum analysis diagram is shown in
Fig. 4, and electromagnetic torque waves are mainly based
on 6n times of the electrical frequency component

i
7 0L .
7= /O Lisi, j=4B.C @

Calculation of the Radial Force

The air-gap magnetic flux density is shown in Fig. 5 for
the rotor positions where the stator and rotor poles over-
lap. The magnetic circuit equation for the overlapping and

@ Springer



584 Journal of Vibration Engineering & Technologies (2022) 10:581-599
100 T T T T
%107 6t

25 751 1
= z
5 e E
> = 50 1
é 1.5 g" 12f,
S 1 25 1
g 18f,
> 05 0 A
é 0 2000 4000 6000 8000 10000
=) 0

100

%107

8
1.

8
Q
=

05
=R
e
[
23
° 5 05
z
=
N 3
5 100 S L
A 80\ <~ 1000

4, © S P 800
Qp 40 40
¢ 20 200 A
) o 0 o “ﬂ.e“&(ﬂ’
(b)

Fig.2 Phase inductance (L, a) and its derivative (dL/d0, b)
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Fig.3 Comparison of torque of each phase from method in this study
and FEM

nonoverlapping parts can be derived using Eqgs. (3) and (4),
respectively. Because By, and By, are approximately sym-
metric [4, 22, 23], only the equation for By, is given
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Fig.4 Torque spectrum analysis
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Fig.5 Air-gap flux density when the stator and rotor poles overlap

Ni=H,l,+H/-1)
. 3)
B, = ﬂOHg

Ni=Hyly +H( - 1)

By = uoHy, ’ @
where N is the number of turns per coil, 4 is the air perme-
ability, i is the current, H o and Hﬂ are the magnetic field
intensities in the air gap, and H is the magnetic field inten-
sity in the iron core. The relationship between H, and B,
or By, that is, the B—H curve, is shown in Fig. 6. [;; can be
calculated using Eq. (5) [4, 24]

lfl =lo+7[r|0d|/4. (5)

Equations (3) and (4) can be solved numerically. The
relationship between the magnetic flux density (B,,) and
current (i) is shown in Fig. 7. The relationship between the
magnetic flux density (By,), current (i), and deviation angle
(6,) is shown in Fig. 8. Thus, the radial force when the rotor
and stator poles overlap can be calculated using Eq. (6) [26],
where & denotes the stack height
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As described in [25], there are three options for calcu-
lating the radial force for rotor positions where the stator
and rotor poles do not overlap. One approach is to neglect
these forces, which are expected to be small. This estimate
is obviously low. The second approach is to assume that
the force is independent of the rotor position and is equal

Frequency/Hz

Fig. 10 Radial force spectrum analysis

to the value computed using the pole overlap model for the
rotor position where pole overlap begins. This estimate is too
high. The third approach assumes that there is no saturation
without pole overlap. In this study, the third approach was
chosen. The radial force when the stator and rotor poles do
not overlap is calculated using Eq. (7) [27, 28], where L,
and [ are the inductance of one pole and the air-gap length,
respectively, when the rotor and stator poles are unaligned

1,L
Frnonoverlap = El ﬁ (7)

The comparison of radial forces from the method in this
study and the FEM is shown in Fig. 9, where the turn-on
and turn-off angles are 15° and 25°, respectively, the rotat-
ing speed is 3000 rpm, and the voltage is 400 V. The radial
forces are very close for the method in this study and FEM,
thus validating the method proposed herein. Radial force
spectrum analysis diagram is shown in Fig. 10, and electro-
magnetic radial force waves are mainly based on 2n times
of the electrical frequency component.

Control System of SRM

The converter circuits of the SRM are shown in Fig. 11.
When the thyristor is turned on, V. is applied to the phase
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Fig. 11 Converter circuits of the SRM
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coil and the current increases in the coil. When the thyristor
is turned off, a negative V. is applied to the phase coil and
the current decreases in the coil. Therefore, the current in
the coil can be controlled by the gate signal of the thyris-
tor. When the coil is conducting in the increasing region
of inductance in Fig. 12, a positive torque can be obtained.
When the coil is conducting in the decreased region of
inductance in Fig. 12, a negative torque can be obtained.
The larger the coil current, the larger is the torque [29]. In
this study, the turn-on and turn-off angles are fixed and the
coil current is adjusted to change the torque when the speed
is low. Figure 13a shows the current with a rotating speed
of 3000 rpm. The turn-on and turn-off angles are adjusted
to change the torque when the speed is high. Figure 13b
shows the current with a rotating speed of 15,000 rpm.
When starting, current control is used, but the conducting
angle should be sufficiently long to make the current over-
lap between phases. A schematic diagram of the control is
shown in Fig. 14.

Dynamic Model of Mechanical Parts

The switched-reluctance motor-planetary gear system
(SRM-PGT system) is shown in Fig. 15. The two configu-
rations are analyzed herein. There is no coupling between
the rotor and sun gear, as shown in Fig. 15a, while there is
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Fig. 13 Phase current of current control (a) and angle control (b)
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with large conducting angle

Speed reference

Fig. 14 Control schematic diagram of SRM

a coupling, as shown in Fig. 15b. To improve the computa-
tional speed, finite-element (FE) models were constructed
and then reduced for dynamic models of mechanical parts.
The stator, rotor, motor case, ring gear, and carrier are mod-
eled using the reduced FE method, whereas the gear is mod-
eled by the lumped-parameter method.

Reduced-Order Finite-Element model

The equations of motion for a dynamic system are expressed
by Eq. (8), where M, C, and K are the mass, damping, and
stiffness matrices, respectively; u is the displacement vector;
and F is the load vector

Mii + Cju + Ku =F. 8)

According to the orthogonality of the model coordinates,
Eq. (8) can be transformed into a modal coordinate system
with ndof decoupled equations, as shown in Eq. (9), where
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Fig. 15 Switched reluctance motor-planetary gear system (SRM-PGT
system)

ndof is the total degrees of freedom (DOFs) of the dynamic
system, @; is the jth mode shape vector, and y; is the set of
modal coordinates

y+28w +wy=®F j=1,2..ndof. )

High-order modes usually have a limited effect; therefore,
the preceding n equations in Eq. (9) can be solved for a sys-
tem dynamic analysis to reduce the computational effort.
The preceding n equations in Eq. (9) are second-order dif-
ferential equations, which can be transformed into the fol-
lowing state equation:

Z=Az+BF,
v=Cz+DF, (10)

where

f)-[3

In particular, w is the displacement vector of the observed
DOFs; y is the modal coordinate vector; A, B, C, and D are
the matrices of the state equation; and F is the input force
vector.

A

mi
(i, ¥i)
a=0,

0=0.

o X

Fig. 16 Inertia force, centrifugal force, and Coriolis force of the node i

Inertia and Centrifugal Forces
of the Mechanical Parts with Rigid Rotation

The inertia and centrifugal forces should be added to the
reduced-order model because of the rigid rotation of the
rotor and carrier. The effect of the Coriolis force is not sig-
nificant, and the computational speed is slow when the Cori-
olis force is added; hence, the Coriolis forces are ignored
[16]. As shown in Fig. 16, (x;, y;) is the coordinate of node i
in the moving coordinate system oxyz, where m, is the mass
of node I; F; and F_; are the inertia and centrifugal forces
of node i, respectively; 0, o, and a are the rigid angular
displacement, velocity, and acceleration, respectively.
The inertia force of node i is derived as Eq. (11)

m;y;
F,=| —-mx; |a. (11)
0

The inertia forces of all the nodes should be transformed
to modal coordinates to be applied to the carrier reduced-
order model, as shown in Eq. (12)

m;y;

—mXx;

F,=®F,=0"| |« (12)

The centrifugal force of node i is derived as Eq. (13)

mx;
F,=|my | (13)
0

The centrifugal forces of all nodes should be transformed
to modal coordinates, as shown in Eq. (14)
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m;X;

my; | ,

F,=®'F =o' "o (14)

Reduced-Order FE Model of Rotor

The rotor is illustrated in Fig. 17. Four concentrator nodes
are built. Concentrator nodes 1 and 2 were attached to the
bearing journal. Concentrator Node 3 was attached to the
rotor surface. Concentrator node 4 is attached to the sun
gear without teeth for the configuration without coupling, as

Concentrator
node 4

Concentrator ~ Concentrator

Concentrator
node 2

node 3 node 1

(a)

Concentrator Concentrator

node 4

Concentrator ~ Concentrator

node 2 node 3 node 1

Fig. 17 Rotor of SRM

shown in Fig. 17a, while concentrator node 4 is attached to
the journal for the configuration with coupling, as shown in
Fig. 17b. The z-direction rotation of concentrator node 4 is
fixed. The rigid angular displacement, velocity, and accelera-
tion of the rotor can be obtained using Eq. (15)

J. zéz = Tdriving - Tdriven’ (15)

where 6, is the rigid angular displacement, and T}y;j;,, and
T ysiven are the driving and driven loads, respectively. The
drive load is the electromagnetic torque acting on the rotor,
while the driven torque is the torque acting on the sun gear
or coupling for the configuration with and without coupling.
The complete reduced-order model of the rotor is shown in
Fig. 18.

Reduced-Order FE Model of the Assembly
of Stator, Case, and Ring Gear

The connection of the stator and motor case is an interference
fit, and the case and ring gear are connected fixedly by bolts.
To simplify the modeling process, the stator, case, and ring
gear are regarded as assemblies. As shown in Fig. 19, the con-
centrator nodes 1-125 were attached to the ring gear teeth.
Concentrator node 126 was attached to the bearing journal
of the ring gear. Concentrator nodes 127-128 were attached
to the bearing journal of the motor case. Concentrator nodes
129-134 were attached to the stator teeth. The reduced-order
FE model of the assembly can be obtained using the method
described in Sect. Reduced-order Finite-Element Model.

Hybrid Dynamic Model of the Planetary Gear

The dynamic model of a helical planetary gear is illus-
trated in Fig. 20. There are three types of coordinate sys-
tems: (1) the static coordinate system OXYZ, (2) the moving

Fig. 18 Complete reduced-order
model of the rotor

All the forces and moments except
the torque at the concentrate node > F
with z-direction rotation fixed

Reduced-order FE

model of the rotor

A

F e —

forces

Inertia and centrifugal

Deformation of the rotor |—

superposition

i

Output

Rigid rotating

displacement, and —
velocity, acceleration

Resultant torque of the driving
and driven torque

z-direction rotational
inertia of the rotor
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Concentrator Concentrator Concentrator Concentrator
node 1~125

node 128 node 127 node 126

node 31 nodeJ30  node 129

Concentrator
node 134

Fig. 19 Stator, case, and ring gear

coordinate system oxyz rotating with the carrier, and (3) the
moving coordinate system 0,,,X,,.Y,,Z,, (n=1...N, where N
is the number of planets) rotating with the carrier. The sym-
bols x, y, z, 0, k, and c represent the x-, y-, and z-direction
displacements, angular displacement, stiffness, and damp-
ing, respectively. The subscripts x, y, z, s, r, pn, and c rep-
resent the x-, y-, and z-directions, sun, ring, nth planet, and
carrier, respectively. The subscripts ¢ and ¢ represent the
torsional stiffness and damping, respectively. To obtain the
dynamic model of the sun and planets, the helical plane-
tary gear set is first transformed into parallel-axis external
and internal gear pairs in the moving coordinate system to
obtain the meshing forces. Subsequently, Newton’s law in

Fig.20 Dynamic model of the
helical planetary gear set

Z,2, 25, Ze, Zr

carrier

a non-inertial coordinate system is utilized to obtain the
equations of motion of the sun and planets. The dynamic
models of the carrier and ring gears are obtained by the
reduced-order FE method. The lumped-parameter dynamic
model of the sun and planets, as well as the reduced-order
FE model of the ring and carrier, can be coupled for the
hybrid dynamic model of the planetary gear, as described
in Ref. [20] in detail. The parameters of the planetary gear
are given in ref [20].

Before the simulation, the meshing stiffness was obtained
with finite-element software. The meshing stiffness values of
the sun—planet and planet-ring gear pairs during the mesh-
ing period are given in Fig. 21.

Dynamic Model of the SRM-PGT System

The dynamic model of the SRM and mechanical parts can
be coupled to the dynamic model of the SRM-PGT system,
as shown in Fig. 22. The dynamic model of the SRM pro-
vides the radial force acting on the stator and the radial force
and electromagnetic torque on the rotor. The dynamic model
of the rotor provides the rotor angular displacement and
velocity for the dynamic model of the SRM. The dynamic
model of the rotor also provides the angular displacement
and velocity of the sun for the hybrid dynamic model of the
planetary gear. The hybrid dynamic model of the planetary
gear provides the force and moment at the concentrator node
4 of the rotor. The hybrid dynamic model of the planetary
gear and the dynamic model of the assembly of the stator,
case, and ring are coupled through a ring gear, as described
in Ref. [20], in detail.
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Fig.21 Meshing stiffness of the a sun—planet and b planet-ring gear
pairs

Simulation and Analysis

The operating conditions of the system are shown in Fig. 22.
The reference speed of the electric motor was 3000 rpm.
A constant load of —500 N was applied in the range of
0-1.1 s. The impact load was applied at 1.1 s and ended at
2.1 s, changing from— 500 N to 500 N. During 1.1-2.1 s, the
electric vehicle is in a downhill state. The rotation speed of
the motor during the entire simulation process is shown in
Fig. 23. The system motion process is mainly divided into
three stages. The first stage is the starting process of the
system at 0-0.1 s, and the motor speed starts from O rad/s
to the rated speed 314 rad/s. The second stage is the steady-
state process in which the system maintains the rated speed

Fig. 22 Flowchart of the hybrid
dynamic modeling
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Fig.23 SRM-PGT system load and motor speed

under the action of the speed control, such as, 0.55-0.75 s;
the third stage is the unsteady state stage when the speed
under the action of sudden load at 1.1 s and 2.1 s. An electro-
mechanical dynamic analysis was conducted for the SRM-
PGT system with and without coupling in the steady and
transient states.

Steady-State Dynamics Analysis

The steady-state stage (0.5-0.75 s) was chosen to analyze
the dynamic characteristics of the RSM-PGT system. Dur-
ing this period, the load on the system was —500 N m, and
the motor speed was 3000 rpm. Figure 24 shows the time-
domain (a) and frequency-domain (b) dynamic meshing
forces of the planet—ring pair with and without coupling.
As shown in Fig. 24a, the minimum value of the dynamic
meshing force is zero, which indicates that the tooth sur-
face separation phenomenon occurs. The coupling has little
effect on the dynamic meshing force of the planet-ring gear
pair. As shown in Fig. 24b, the rotation frequency of the
carrier f,, the meshing frequency f,,, and the electromag-
netic excitation frequencies 4f, and 6f, can be found in the
low-frequency region. f; is the fundamental frequency of the
motor, f, =pw, /2z. The energy of the frequency component

Rotor angular displacement and velocity
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Fig. 24 Time-domain (a) and frequency spectrum (b) dynamic mesh-
ing force of the planet-ring pair with and without coupling

(fm 1n the high-frequency region is the largest in the fre-
quency spectrum, which is caused by tooth separation. The
frequency component (f,,) in Fig. 25 is caused by excita-
tion from the planet-ring dynamic meshing force and much
smaller when there is no teeth separation for the sun-planet
dynamic meshing force, as shown in Figs. 24 and 25.
Figure 25 depicts the time-domain (a) and frequency-
domain (b) sun-planet dynamic meshing force with and
without coupling. As shown in Fig. 25a, the coupling has
no effect on the average meshing force of the sun-planet gear
pair, but it has a small effect on the fluctuation amplitude
of dynamic meshing force. When there is a coupling, the
dynamic meshing force fluctuates slightly. From Fig. 25b,
it can be seen that the multiplication of carrier rotation fre-
quency (3f.) and the multiplication of meshing frequency
(f,, and 2f;,)) in the gear system appears in the low-frequency
region. It also contains electromagnetic frequency compo-
nents (6f, and /8f,) of the motor, and the amplitude of the
frequency component of 6f, is the largest. Therefore, the
sun-planet meshing force is mainly affected by the electro-
magnetic excitation frequency which from the motor. The
high-frequency region primarily contains the frequency
components (f,,) generated by tooth separation. When
there is a coupling, the amplitude of 6f, in the meshing force
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Fig.25 Time-domain (a) and frequency-domain (b) sun-planet
dynamic meshing force with and without coupling

increases, reflecting stronger coupling effect of the gear and
motor system.

The NVH of electric vehicle driving systems has received
extensive attention from designers. Figure 26 shows the
time-domain (a, b) and frequency-domain (c, d) plots of the
vibration displacement in the X and Y directions at the ring
gear tooth with or without coupling. As shown in Fig. 26a,
b, the coupling has no effect on the mean value of the radial
vibration displacement at the ring gear teeth, but it has a
minor effect on the vibration amplitude. When there is no
coupling, the vibration amplitude of the gear teeth is slightly
smaller. In Fig. 26¢, d, the vibration displacement of the ring
gear mainly contains multiplication of the carrier frequency
(3f.), disengagement frequency (f,,,), and 2, 4, and 6 times
the electromagnetic excitation frequency. Among them, the
electromagnetic excitation frequency has the largest ampli-
tude and plays a leading role. Therefore, for the integrated
drive system of the RSM-PGT, the vibration characteristics
of the ring teeth are mainly affected by the electromagnetic
excitation frequency. The frequencies of 2f, and 4f, are from
the electromagnetic radial force that acts on the stator and
transmits to the ring through the case. Therefore, reduc-
ing the fluctuation of the electromagnetic radial force can
effectively reduce the vibration of the gearbox. When there
is a coupling, the energy of the electromagnetic excitation
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Fig.26 Time-domain (a, b) and spectrum (c, d) of the vibration displacement in the X and Y direction at the ring gear tooth with or without cou-

pling

frequency in the vibration displacement of the ring tooth is
obviously increased, which enhances the electromechanical
interaction effect of the system.

Figure 27 shows the bearing reaction force on the motor
side (a) and its frequency spectrum (b) with and without a
coupling. From Fig. 27a, it can be seen that the coupling has
no effect on the mean value of the bearing reaction force on
the motor side, and mainly affects the fluctuation amplitude
of the bearing reaction force. When there is no coupling, the
fluctuation amplitude of the radial reaction force is smaller.
As illustrated in Fig. 27b, in the low-frequency region, the
rotation frequency of carrier(f,) and the electromagnetic
excitation frequency of the SRM have been appeared in the
form of n-f, + m-f,. The carrier frequency is electromagnetic
excitation frequency from the SRM (4f,, 6f,), the modula-
tion frequency is rotation frequency of carrier (f,). There are
more kinds of modulation frequencies in the signals without
a coupling, just like 4-f, + 6-f,, 6-f, = 6-f.. The bearing radial
support reaction fluctuation of the motor side is mainly
affected by the electromagnetic radial force.

Figure 28 shows the time-domain (a) and frequency spec-
trum (b) of the radial vibration acceleration at the stator
core teeth of SRM with or without coupling. It can be seen
from Fig. 28a that when there is no coupling, the vibration
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acceleration fluctuation at the stator core teeth of the motor
is smaller. It can be seen from Fig. 28b that the main fre-
quency components include the electromagnetic excitation
frequency of the motor (6f., 8f., and 20f,), multiplication
of the meshing frequency of the planetary gear system (2f;,
and 3f,,), and the frequency f,,, generated by tooth surface
separation. When there is a coupling, the energy of the gear
system excitation frequency (2f;,, 3f;,, and f;,) is increased,
which strengthens the influence of the gear system on the
vibration characteristics of the motor. At the same time, the
24th order natural frequency f,,, appears with the largest
energy, which plays a leading role. At this time, the f,,, is
consistent with meshing frequency of planetary gear.

In summary, the dynamic characteristics of the gear sys-
tem are affected not only by its own internal excitation, but
also by the electromagnetic excitation of the motor. The elec-
tromagnetic radial force in the motor fluctuates significantly,
which has a significant impact on the vibration characteristics
of the gear system. Simultaneously, the dynamic characteris-
tics of the SRM are also affected by the excitation of the gear
system. For the integrated RMS-PGT driving system, reduc-
ing the radial force fluctuation of the SRM and solving the
phenomenon of meshing tooth surface separation will help to
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Fig.28 Time-domain (a) and frequency spectrum (b) of the radial
vibration acceleration at the stator core teeth of SRM with or without
coupling

reduce the vibration of the system. Meanwhile, the coupling
has a small effect on the dynamic characteristics of the gear
side, but it has a significant effect on the vibration character-
istics of the motor side. When there is coupling, the coupling
characteristics of the motor and gear system are enhanced.

System Natural Frequency Analysis

In this study, the SRM-PGT system is a vibration system
with general viscous damping; therefore, complex modal
analysis needs to be conducted. The vibration differential
equation of the system is

M + Ci + kx = f(2), (16)

where M is the mass matrix, K is the stiffness matrix, and
C is the damping matrix. In a complex modal analysis, the
above equation must be transformed into a state equation.
The auxiliary Eq. (17) is introduced to form an eigenvector
with weighted orthogonality of M, K, and C

M — M = 0. (17)

The equation is as follows: P&’ — Qx’ = f’(r) where:

/ X , J®
x' = |, 2n order state vector; f'() = o | 2n order
X

M
force vector; P = l MO 1, 2n X 2n order symmetric matrix,

positive definite; Q = [ f)( 0 1 and 2n X 2n order symmet-
ric matrix, positive definite, or semi-positive definite.

In the formula, let f’(#)=0, the complex eigenvalues and
complex eigenvectors of the system can be obtained. Com-
plex eigenvalues exist in conjugate pairs corresponding to
the conjugate eigenvectors. The system damping matrix can-
not be diagonalized by the same transformation as the mass
and stiffness matrix; hence, the eigenvalues with zero imagi-
nary part will appear, and these eigenvalues are not given in
Table 1. The real-valued eigenvalues determine the damping
of the system and reflect the attenuation ability. The imagi-
nary part of the eigenvalue represents the natural frequency
of the system. The eigenvalues of each order are shown in
Table 1 by converting the imaginary unit from rad/s to Hz.
The solved eigenvalues are mainly used to discriminate the
free-vibration modes in the transient analysis.

Transient State Dynamics Analysis

Figure 29 shows the radial vibration characteristics of the
ring gear teeth with and without coupling under the impact
load of the system. In the steady-state stage, the system
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Table 1 Natural frequency

Order Eigenvalue Order Eigenvalue Order Eigenvalue

1 —0.7793 £ 111.257i 8 —10.005 +454.987i 15 —61.944 + 887.444i
2 —5.337+112.1982i 9 —21.781+575.254i 16 —59.843 +894.793i
3 —1.065+135.7717i 10 —107.43 +£609.30i 17 —57.917+980.203i
4 —2.239+169.093i 11 —32.597 +698.755i 18 —59.274 +993.073i
5 —10.992 +415.072i 12 —27.601 +783.898i 19 —59.049 +996.0761
6 —10.043 +£417.761i 13 —29.027 +791.3351 20 —70.231+1065.371i
7 —9.645 +440.5671 14 —41.115+837.789i 21 —70.284 +1067.827i

remains in a forced vibration mode produced by electro-
magnetic excitation frequencies (2fe, 4fe, 6fe). The system
remained in a transient free-vibration mode when it was sub-
jected to an impact load of 1.1 s. The free vibration is gradu-
ally attenuated under the action of damping, and the trans-
mission system maintains a steady-state forced vibration. In
the downhill process, the peak value of the radial vibration
fluctuation at the ring teeth with coupling is greater than
that without coupling. It can be seen from the spectrogram
that the third-order free-vibration mode (f,;) of the system
is excited under the transient impact. When there is no cou-
pling, the free-vibration frequency mode energy is larger.

The main components of the SRM-PGT system are the
planet gear, carrier, motor rotor (including sun gear), and
case (including inner gear ring and motor stator). Figure 30a
shows the vibration energy proportion of each component
in the third mode. The percentage of vibration energy of
the case is up to 90.24%, which is the main vibration com-
ponent. Figure 30b shows the proportion of the vibration
energy at each component under different DOFs. Among
them, the vibration at the torsion degree of freedom in the
X direction (8y) and the torsion degree of freedom in the Y
direction (6y) of the housing has the highest energy propor-
tion, which is 48% and 49%, respectively. Figure 29c shows
the mode vector diagram of the torsion degree of freedom
in the X direction (6,) at each concentrator node of the case.
The position represented by each node number is shown in
Fig. 17, which is mainly composed of the ring gear tooth
node, bearing hole concentrator node, and motor stator node.
The amplitude of the vibration vector at the ring gear teeth
is the largest; hence, the main vibration mode of the third
natural frequency is the bending mode of vibration in the
case, and the main vibration position is each tooth of the
ring gear. According to the vibration displacement vector
of each tooth of the ring, using the bolt to restraint at the
position can help to reduce the bending phenomenon of the
third natural frequency free-vibration mode.

@ Springer

Figure 31 shows the time—frequency diagram of the sun-
planet meshing force with and without coupling. When there
is a coupling, the meshing impact of the dynamic mesh-
ing force under the impact load is smaller. Therefore, the
coupling plays a role in reducing the meshing impact at the
sun—planet gear pair. In the steady state, the main excitation
frequency of the sun—planet gear meshing force is the elec-
tromagnetic excitation frequency of the motor (6f,). During
the transient process, the sixth-order and third-order free-
vibration modes of the system are excited, and the sixth-
order mode has a larger frequency energy.

Figure 32 shows the vibration vector distribution diagram
of the sixth-order free-vibration mode excited by the system
under the impact load. Figure 32a shows the distribution of
each sub-structure component vibration energy. The percent
of energy is mainly concentrated in the case, carrier and
planet gear, and respectively, accounted for 33.97%, 34.3%,
and 31.47%. Combined with Fig. 32b, it can be seen that
the vibration energy at the torsion degree of freedom in X
direction () accounts for the largest proportion. Figure 32c
shows the vibration vector diagram at the torsion degree of
freedom in X direction (6y) of each sub-structure point. It
can be seen that the vibration amplitude of the planet gear
and the carrier is the most obvious at the torsion degree of
freedom in X direction (8y). Therefore, the vibration mode
of the sixth-order mode is the bending vibration of the planet
and carrier in the X direction. The main reason is that the
carrier is supported by a single-sided bearing, which pre-
sents a swinging form of a simply supported beam, thereby
resulting in greater vibration.

In summary, when the system is coupled, the transient
impact phenomenon of the system is effectively reduced, but
the influence of the electromagnetic excitation frequency of
the SRM is more significant on the dynamic characteristics
of the gear system. Meanwhile, at different positions of the
system, the free-vibration modes excited by the impact load
are different. Therefore, the structural optimization design
methods at different positions are different.
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Conclusion

This paper mainly discusses the electromechanical cou-
pling dynamic characteristics of a new type electric drive 2.
system structure. The rigid-flexible-electromechanical cou-

pling dynamics model of SRM-PGT system is constructed,
which takes into account the flexibility of gear system, and
nonlinear electromagnetic characteristics of switched-reluc-

tance motor. The interaction between the mechanical sys- 3.
tem and the motor system under steady state and transient
impact loads is discussed, and the following conclusions

are obtained:

1. The dynamic meshing force, bearing force, and gearbox
vibration were mainly affected by the electromagnetic
excitation of the SRM. The vibration characteristics of
the SRM are also affected by the internal excitation of
the gear system. Therefore, SRM-PGT is a typical elec-
tromechanical strong coupling system. The main excita-
tion frequency of the system originates from the elec-

@ Springer

tromagnetic excitation force of the SRM. Meanwhile,
reducing the electromagnetic radial force fluctuation can
help to reduce the vibration of the SRM-PGT system.
In steady-state operation, the presence or absence of
coupling has little influence on the dynamic character-
istics of the gear. However, when there is coupling, the
interaction effect between the motor system and plan-
etary gear system is increased.

In the transient process, the coupling plays a key role
in reducing the transient impact of the gear system, but
it enhances the influence of the electromagnetic excita-
tion frequency on the gear system. Meanwhile, using
the modal energy method and mode vector distribution
diagram can effectively identify potentially dangerous
components. At different positions of the system, the
free-vibration modes excited by the impact load are dif-
ferent. Therefore, the selection of measurement points
also seriously affects the judgment of potentially danger-
ous components.
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