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Abstract

Aiming at the vibration suppression and noise reduction of a direct-drive piston pump system, a novel porous variable diam-
eter Helmholtz pulsation attenuator (abbr. PVDHPA) was developed. The vibration suppression mechanism of PVDHPA
was analyzed, and the pressure and flow mathematical model was established. The fluid vibration energy absorption charac-
teristics of PVDHPA with different structural parameters in the direct-drive pump system were analyzed by computational
fluid dynamics simulation. The optimized damping hole and maximum diameter of the resonant cavity of the PVDHPA are
6.5 mm and 110 mm, respectively. Based on the custom-manufactured testing apparatus, the vibration absorption effect of the
PVDHPA was verified. The test results show that the vibration response amplitude of the direct-drive pump is significantly
reduced after the installation of PVDHPA, in which the vibration signals in the 200400 Hz and 1000 Hz frequency bands
are significantly suppressed, and the vibration impact in the vertical direction is most significantly weakened. Meanwhile,
the foot vibration acceleration of the direct-drive pump system decreases by 7.4 dB(A). These researches provide an effective
method for vibration and noise reduction of the direct-drive pump systems.

Keywords Direct-drive pump system - Helmholtz pulsation attenuator - Computational fluid dynamics - Vibration and
noise

1 Introduction

With the development of water hydraulic technology, as the
core power component of the water hydraulic systems, the
Technical Editor: Samuel da Silva. application of water hydraulic pumps is becoming more and
more extensive [1, 2]. Because of its high power density,
high working pressure, and good reliability, the piston pump
is the main structure type for the medium and high-pressure
hydraulic pump [3]. The hydraulic piston pump driven by a
linear motor is a new type of bilge drainage pump that sucks
and drains water through the reciprocating movement of the
piston. As shown in Fig. 1, the direct-drive pump system is
mainly composed of eight sets of linear-drive pump units,
suction pipeline, discharge pipeline, and a set of system
control equipment. Each linear-drive pump unit includes a
set of linear motor primary (stator) and secondary (mover),
two set of pistons and cylinders, integrated cone valves, and
support frame.
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Fig. 1 Virtual prototype model of direct-drive pump system. 1-Vibra-
tion absorption pipeline, 2-Integrated Cone Valve, 3-cylinder, 4-Pis-
ton, 5-Rod end ball bearing, 6-Linear motor stator, 7-Linear motor
mover, 8-Support rack, 9-Drain line

pump system changes, inertial shock is inevitable. The flow
pulsation caused by the displacement mechanism of the pos-
itive displacement piston pump will form pressure pulsation
after encountering the load impedance. As the fluid spread,
vibration and impact will be generated on the system pipe-
lines. These vibrations will be transmitted to the equipment
body through the pipeline, which will not only reduce the
concealment performance of the equipment but also affect
the health status of the equipment and the living environ-
ment of the staff. Therefore, it is essential to take effective
measures to mitigate the vibration level of the direct-drive
pump system.

The related research work of hydraulic pump vibration
and noise mainly revolves around the numerical analysis of
pressure shock, flow pulsation, flow field simulation analy-
sis, cavitation theory, and the experimental testing [4-9].
Shang et al. [10] presented a novel passive fluid ripple pulsa-
tion attenuator, which can simultaneously reduce discharge
and suction pulsation of the axial-piston pump and adapt to
the condition of frequent change of load reversing in closed
hydraulic system. Edge et al. [11] proposed an index to
evaluate the fluid noise characteristics of hydraulic pumps
based on the research foundation of predecessors. In this
method, the tested pump source is regarded as a parallel
combination system of flow pulsation source and hydraulic
pump source impedance, and the product of the two is used
as the evaluation index of noise characteristics. The prin-
ciple of this performance evaluation method is simple, but
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it requires a long test output pipeline, which is difficult to
practically use, and it is impossible to evaluate the various
factors that cause pulsation individually. Additionally, Edge
and Browns proposed a “Secondary source” measurement
method for flow pulsation testing of hydraulic pump sys-
tems. This test method uses a laminar flow model to accu-
rately test performance parameters such as the impedance
of the tested pump source with the aid of an auxiliary pump
source. The test results have high accuracy and credibility
and have become an international standard for hydraulic
pump fluid noise testing [12, 13]. The University of Bath
has conducted a systematic research work in the field of
hydraulic pump fluid noise, with remarkable results, laying
a large amount of work foundation for subsequent related
research. Pettersson et al. have carried out research work
on the pressure and flow pulsation test of hydraulic pumps
and proposed a two-point measurement method combined
with the “secondary source” measurement method [14, 15].
This method uses the combination of the main pump source
and volume element of the test platform to generate a wide
frequency spectrum area and realizes the test of pressure
and flow pulsation. In recent years, research work has been
carried out on the source impedance strategy method. This
method no longer establishes the mathematical model of the
pump outlet pipeline, but directly measures the location of
the flow pulsation source and uses the acquisition system to
achieve post-processing of the test data. Manring et al. [16]
carried out the numerical modeling analysis research work
of piston pumps. Modeling the various stages of the piston
pump working process separately makes the model more
precise and detailed, but the model built by it ignores some
nonlinear factors such as leakage, and the accuracy needs to
be improved. Zeng and Li [17] tried to carry out numerical
modeling and theoretical analysis of the pressure transient
process of a piston pump with triangular damping grooves.
The model ignored the influence of nonlinear factors and
idealized some of the coefficients, there is greater uncer-
tainty, and the actual application value is low.

To suppress the vibration and noise of piston pump, vari-
ous hydraulic silencers have been developed. Mikota [18]
proposed a method for optimizing the structure of the fluid
silencer of the hydraulic system. The method is mainly to
reduce the volume by combining a single-degree-of-free-
dom system with the cavity. By loading the “spring—mass”
system, the system will achieve the same frequency as the
excitation force, which will make the system anti-resonant,
thereby achieving the purpose of alleviating system vibra-
tion. Orwig [19] accurately analyzed several vibration and
noise measurement methods based on the noise-related
spectrum analysis of the vibration emission source and the
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evaluation of the most influential frequencies, providing a
basis for the use of hydraulic mufflers to eliminate one or
more main noise frequencies. Ijaz [20] has studied various
filters and energy storage devices on rock drills and found
that T-shaped tube has good adaptability to various frequen-
cies and good pulsation attenuation effect. Ichiyanagi and
Nishiumi [21] numerically evaluated the attenuation perfor-
mance of the side branch resonant cavity in the hydraulic
pipeline by changing parameters such as the insertion posi-
tion of the side branch, the length of the connecting pipe
between the side branch, and the terminal load of the cir-
cuit. Research results have shown that the degree of attenu-
ation is determined by the insertion loss defined as the ratio
of the total amplitude harmonics of the pressure pulsation
with and without the side branch. Nicholas and Kenneth
[22] studied the Helmholtz resonator and analyzed its per-
formance and volume. Through the simulation and experi-
mental analysis, the filtering effect of various parameters is
obtained. Jing et al. [23] optimized the structure of the new
active hydraulic silencer through previous research, simpli-
fied the structure of the product, and reduced the size of the
product. Gruber et al. [24] considers the problem of finding
the optimal charge pressure in either a single suppressor or
two suppressors in series for maximum fluid-borne noise
suppression in a weighted sense. The transmission loss, a
measure of pressure ripple (dynamic pressure fluctuation)
reduction, for the suppressors is predicted by an equivalent
fluid model. The optimum configuration is sought through
maximization of an objective function. Optimal configura-
tions are found for a set of system pressures, load pressures,
and duty cycles. It is found that the time weighting has a
more significant impact on the optimum charge pressure
than the frequency weighting, as seen by duty cycles con-
sidered in this paper. Yuan et al. [25] proposed acoustic
energy harvester (AEH) based on an acoustic Helmholtz
resonator The Helmholtz resonator was evaluated using
numerical simulation and experimental tests. Experimen-
tal results illustrate that under 100 dB sound pressure level
(SPL) excitation, maximum 27.2 pW power can be har-
vested at 217 Hz and maximum 64.4 pW power can be
harvested at 341 Hz. He et al. [26] put forward a corrugated
diaphragm to optimize the design of the muffler, which can
absorb the pressure in the structure, thereby achieving the
purpose of reducing the noise of the system.

Since the fluid excitation signal is complex and the fre-
quency spectrum span is wide characteristics of the direct-
drive pump system, the method of installing a hydraulic
silencer in the connecting pipeline can obtain a more obvi-
ous and intuitive effect of vibration and noise reduction
[27]. However, traditional hydraulic silencers only have

a good suppression effect on pressure pulsation within a
certain frequency range, which is determined by their fixed
structural rigidity. Therefore, to adapt the wide frequency
range and time-varying characteristics of the direct-drive
pump system, this paper proposes a new type of PVDHPA
based on the Helmholtz principle. The PVDHPA effec-
tively reduces the dynamic response of the direct-drive
pump system, while being able to significantly suppress
the vibration acceleration values of the machine feet. In
addition, the hydraulic pump often runs under variable
complexity working conditions. Therefore, it is a key
issue to accurately and quickly extract the characteristic
information in the vibration signal. At present, there are
many methods usually used to solve the dynamic response
of the system, such as discrete wavelet transform method
[28, 29], Houbolt method [30], Wilson-6 method [31], and
Newmark method [32]. Among them, the Newmark method
has good stability and accuracy and is used as one of the
oldest and most powerful methods for structural dynamic
analysis and wave propagation problems. Therefore, this
paper uses the Newmark method to analyze the dynamic
response of the direct-drive pump with and without the
installation of PVDHPA.

The structure of this paper is as follows. At first, a new
PVDHPA is designed and a mathematical model, fol-
lowed by the simulation of optimal structural parameters of
PVDHPA. Furthermore, the vibration reduction effect of the
designed PVDHPA is verified by experiments. Finally, the
conclusions are drawn.
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Fig.2 Structure diagram of porous and variable diameter Helm-
holtz pulsation attenuator. 1-Sealed end cover, 2-Resistive vibration-
absorbing material, 3-Shell, 4-Flow tube
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2 Characterization, methodology,
and design

2.1 Working principle

As shown in Fig. 2, the PVDHPA is mainly composed of four
parts. There are multiple damping holes on the flow pipe, and
each damping hole and the resonant cavity form a Helmholtz
resonance unit, so the structure of the pulsation attenuator
can be regarded as a series and parallel connection of mul-
tiple Helmholtz resonance units. According to the needs of
the actual vibration absorption spectrum, designing multiple
damping apertures of different sizes can broaden the vibra-
tion absorption frequency band and achieve a good vibration
absorption effect for the high and mid-frequency bands.

As presented in Fig. 3, the working principle of the
PVDHPA based on the Helmholtz principle is to use the fluid
in the pipeline, the damping hole, and the resonance cavity to
form a “mass—spring—damping” vibration system. The fluid in
the resonance cavity is regarded as a spring, and the fluid in the
damping hole is regarded as the mass, friction, and damping
in the damping hole which are equivalent to the damping of
the vibration system. When the frequency band of the excita-
tion signal in the fluid is the same or close to the natural fre-
quency of the pulsation attenuator, resonance will occur. The
“fluid spring” in the damping hole has the largest amplitude
and consumes a lot of energy to achieve the best filtering and
damping effect.

2.2 Mathematical model

The PVDHPA structure presented in Fig. 3 is similar to a
straight pipe model with branch pipelines. The differential
equation of motion of a unit fluid with a length of in a straight
pipe can be written as [23]:

do P
pacgy = |P= (P Sax) |4~ Ry M
P dQ oP

z(RuQ+E>+a-° @

where p is the density of the fluid medium in the pipeline,
A, is the pipeline cross-sectional area, Fp is the frictional
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Fig.3 Structure equivalent diagram of Helmholtz pulsation attenua-
tor
resistance of the pipeline F, = R, pQdx, and R, is the equiva-
lent friction coefficient.

According to the principle of flow continuity, the continuity
equation of the unit fluid with length dx in the pipeline can be
expressed as:

0
+ —= =
ox

K, ot 3)
where K, is the apparent bulk modulus, which can be calcu-

lated by Ki =14 KL, K, is the elastic modulus of pipeline
e P

K
and Kp = %, d is the inner diameter of pipeline, E is the
elastic modulus of pipeline material, and K is the bulk elastic
modulus of the fluid medium. The Laplace transform of Eqs.
(2) and (3) are given as:
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It can be obtained by simplifying Eq. (4)
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The general solution of Eq. (5) is:
(s> +Rys p(s* +Rys
P(s) = Cch gx + Cysh Mx
S Ke
(6)
The same can be obtained:
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Based on Egs. (6) and (7), the input, output pressure, and
flow state equations in the straight pipe section of length L
are processed based on the distributed parameters:

PO _ . 1 0], [P o
=1; 1 1 o
Qi(s) Z:0) + -+ 70 1 QO(S) ( )

\

» P (e p(s2+R,s) . PK. (52 +R,s) p(s2+Rys) .
.(s) = P,(s)c —Ke - 0,() A X
J (8)
2+ R 2+R
0.(s) = —P,(s) A sh S = ) L|+0,)ch ML
pK, (s> + R,s) € €

52 s
Let (s) = 1/ 255 7(5) = —V”K:“” then Eq. (8)

can be presented as:

Py(s) B chlt(s)L] —Z(s)sh[t(s)L] Py(s)
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Z(s)
where
_ chlt(s)L] —Z(s)sh[z(s)L]
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At the branch pipeline, supposing the pressure and flow in
the inlet pipeline, outlet pipeline, and branch damping hole
are, respectively, (P, Q,), (P,, Q,), (Ps, O3), the pressure
and flow model can be expressed as:

P, =P, =P, 10
0,=0,+0;
P;is given as

Py =05-27, (11)

Combining Eqs. (10) and (11), the pressure and flow
model can be obtained by

P(s) 1 0 Py(s)
= 4 (12)

0,(s) Zy(s) 0(s)
For a pipeline with multiple continuous branch damping

holes, it can be represented as:

P(s) 1 0 Py(s)
=| a1 (13)

0,(s) Z4(s) Z,2(5) 0,(s)
Combining the mathematical models of Egs. (9) and (13),
the pressure and flow mathematical model of the porous

reduced-diameter Helmholtz pulsation attenuator used in
this system can be defined:

where 7, and T, are transfer matrix of inlet straight pipe sec-
tion and outlet straight pipe section, respectively.

2.3 Sensitivity analysis of structural parameters

Based on the mathematical analytical model constructed in
the previous chapter, the fluid simulation method is used to
analyze the absorption characteristics of the fluid vibration
energy of the direct-drive pump system with different struc-
tural parameters of the PVDHPA.

Based on the working principle of Helmholtz resonant
cavity, its resonant frequency is defined as

f = _ ot s
" 4IVix (15)

where ¢ is the speed of sound in the fluid, d, is the diameter
of the damping hole, L is the length of the damping hole,
and V;, is the volume of the resonant cavity.

After the Helmholtz pulsation attenuator, the transmis-
sion loss of fluid vibration energy can be calculated as

2
VSth/L

2Sm
TL=101g|1+ L (16)

/)

where S.. is the cross-sectional area of damping hole, S, is
the section area of the main pipeline, and f, is the exciting
frequency.

It can be seen from the above mathematical model that
the main variable structural parameters that affect the vibra-
tion absorption characteristics of the PVDHPA include the
length of the damping hole, the size of the aperture, and the
volume of the resonant cavity when the excitation signal
and working conditions are determined. Using the flow field
simulation analysis method, the distribution characteristics
of the pressure, flow, velocity, turbulent energy, and other
physical quantities in the fluid domain can be obtained to
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Fig.4 Fluid domain model of Helmholtz pulsation attenuator

Table 1 Parameters for CFD simulation

Description Value

Fluid density (kg/m?) 1x10°

Fluid dynamic viscosity (Pa s) 1.01x107°
Diameter of the damping hole (mm) 3.0

Length of the damping hole (mm) 3.0,4.0, 5.0, 6.5
Resonant cavity maximum diameter (mm) 110.0

Working pressure of the pump (MPa) 4.0

Flow rate of the pump (L/min) 330.0

Wall Stationary

study the sensitivity of the flow field characteristics to dif-
ferent structural parameters.

Considering the actual application conditions of the
PVDHPA, the dynamic energy dissipation of the fluid is
obvious under the action of the resonance unit formed by
the damping hole and the resonant cavity, so the realizable
k—e turbulence model is used for simulation calculation. The
realizable k—e turbulence model is used to describe the state
of the flow field in the pulsation attenuator, and the govern-
ing equations of its turbulent kinetic energy and turbulent
energy dissipation rate are expressed as:

0 o( pku;
ok Oke) _ o [(
ot ox; ox; oy

1

ok
— | +G, + G, —pe—Y,
>0xj] k b~ PE M

a7
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2.94e+00
2.79e+00
2.65e+00
2.50e+00
2.35e+00
2.21e4+00
2.06e+00
1.91e+00
1.77e+00

1.62e+00
1.47e+00
1.32e+00
1.18e+00
1.03e+00
8.83e-01

7.36e-01
5.89e-01
4.42e-01
2.95e-01
1.48e-01
9.85e-04

Fig.5 Velocity contour under rated condition

4.02e-01
3.82e-01
3.62e-01
3.42e-01
3.22e-01
3.02e-01
2.81e-01
2.61e-01
2.41e-01
221e0
2.01e-01
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1.61e-01
1.41e-01
1.21e01
1.01e-01
8.06e-02
6.05e-02
4.04e-02
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Fig. 6 Turbulent kinetic energy contour under rated condition

ope) | Oloem) _ o [( L ) 2e
ot o0x; dxj o, 0xj

‘ (18)

2
k+ /ve

where p is the density of the fluid medium, & is the turbulent
kinetic energy, ¢ is the turbulent energy dissipation rate, G,
is the turbulent kinetic energy component produced by the
average velocity gradient, G, is the turbulent kinetic energy
component produced by the influence of buoyancy, Y, is the
effect of compressible turbulent arterial expansion on the
total kinetic energy dissipation rate, o, and o, are turbulent
Prandtl number of turbulent kinetic energy and turbulent
energy dissipation rate, respectively, and y is the molecular
viscosity coefficient.
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As shown in Fig. 4, a three-dimensional fluid domain
model of the PVDHPA was established using the Solidworks
3D graphics software and importing into ANSYS fluent,
and the MultiZone method was used for mesh division to
generate a hexahedral mesh. During the simulation process,
the fluid material is set according to the properties of pure
water, and the main CFD simulation parameters are listed
in Table 1. Additionally, the assumptions and limitations of
the proposed method are as follows:

1. A constant stable pure water supply is considered.

2. The entering fluid is incompressible, and the fluid flow
is set to laminar.

3. Flowing process of pure water through of PVDHPA is
isentropic.

4. Dynamic flow forces, pure water inertia, and pressure
loss in tubes are neglected.

5. The erosion effects due to cavitation have not been taken
into account.

The velocity contour and turbulence kinetic energy con-
tour of the PVDHPA can be intuitively observed in Figs. 5

2.32e+00
221e+00
2.0%e+00
1.97e+10
1.86e+00

1.74e+00
1.63e+10
1.51e+10
1.3%e+00
1.28e+00
1.16e+10
1.05e+10
9.2%e-01
8.13e-01
6.97e-01
5.81e-01
4.65e-01
3.4%e-01
2.33e-01
1.17e01
5.85e-04

(a) L=3 mm

2.61e+00
2.48e+00
2.35e+10
2.22e+00
2.0%e+00
1.96e+10
1.83e+10
1.70e+00
1.57e+10
1.44e+10
1.31e+00
1.18e+00
1.05e+10
9.15e-01
7.85e-01
B.54e-01
5.23e-01
3.93e-01
2.62e-01
1.31e-01
5.34e-04

(¢) L=5mm

and 6, respectively. In a resonant cavity connected in paral-
lel with multiple damping holes, the flow velocity is low,
indicating that there is a less fluid medium exchange in the
cavity, and the fluid in the cavity exists as a spring in the
equivalent resonance model; taking the resonant cavity as
the dividing line, the flow velocity in the damping hole
begins to increase, and the motion state becomes active. The
fluid in the damping hole exists in the form of a mass in the
equivalent resonance model, which is under the combined
action of the main pipe fluid, the resonance chamber fluid,
and the friction force of the damping hole sports. It can be
found in Fig. 6 that turbulent kinetic energy fluctuates sig-
nificantly in the fluid domain near the damping hole. The
maximum value of turbulent kinetic energy and turbulent
energy dissipation rate is concentrated near the damping
hole, indicating the excitation energy in the fluid medium.
Under the action of the damping hole and the resonant cavity
structure, a large degree of dissipation is obtained. Under the
same working conditions and fluid excitation signal source,
the larger the value of the turbulent energy dissipation rate,
the better the vibration absorption effect of the correspond-
ing shock-absorber structure. Therefore, in the simulation

2.45e+00
2.33e+00
2.21e+00
2.09e+00
1.96e+10
| 1.84e+00
1.72e+00
1.69e+10
1.47e+00
1.35e+10
1.23e+10
1.10e+10
9.81e-01
§.59e-01
7.36e-01
6.13e-01
4.91e-01
3.68e-01
2.45e-0
1.23e-01
9.37e-05

(b) L=4 mm

2.94e+00
2.79e+00
2.65e+10
2.50e+00
2.35e+00
2.21e+00
2.06e+00
1.91e+00
1.77e+00
1.62e+00
1.47e+00
1.32e+00
1.18e+00
1.03e+00
§.83e-01
7.36e-01
5.89e-01
4.42e-01
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1.48e-01
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(d) L= 6.5 mm

Fig. 7 Flow field velocity characteristic vector contour of different damping hole lengths
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Fig.8 Flow velocity in the damping hole varying with the length of
the damping hole
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Fig.9 Turbulent kinetic energy and dissipation rate in the damping
hole varying with the length of the damping hole

analysis of the flow field of the PVDHPA, the flow velocity,
turbulent flow energy, and turbulent dissipation rate in the
damping hole can be used as a reference index for its vibra-
tion absorption performance.

The damping hole lengths have significant impacts on
the operational performance of the PVDHPA. It not only
increases the medium flow velocity but also leads to tur-
bulent kinetic energy, both of which contribute to a higher
turbulent energy dissipation rate. Figure 7 shows the flow
velocity of the resonant cavity under different damping hole
lengths. The effect of different damping hole lengths on the
flow field characteristic is carried out with the damping hole
diameter of 3 mm and the maximum resonant cavity diam-
eter of 110 mm. The flow velocity in the damping hole is

@ Springer
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Fig. 10 Flow velocity in the damping hole varying with the diameter
of the damping hole
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Fig. 11 Turbulent kinetic energy and dissipation rate in the damping
hole varying with the diameter of the damping hole

mainly influenced by the pressure difference on both sides of
the outlet pipeline and the resonance cavity. The increase in
damping hole length could increase the pressure difference
between the two sides of the damping hole, resulting in a
linear increase in the flow velocity.

In order to quantitatively describe the characteristics of
the flow field velocity. The velocity, turbulent kinetic energy,
and turbulent kinetic energy dissipation rate of the fluid
domain in the damping hole were plotted as a function of
the length of the damping hole. As shown in Figs. 8 and 9,
the working conditions of the direct-drive pump system and
the fluid excitation signal source are determined, and other
structural parameters are not changed. As the length of the
damping hole increases, the flow velocity, turbulent kinetic
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Fig. 13 Turbulent kinetic energy and dissipation rate in the damping
hole varying with the resonant cavity volume

energy, and turbulent energy dissipation rate also gradually
increase. The fluid flow rate and the length of the damping
hole are linear; the increase in the turbulent energy dissipa-
tion rate parameter value is more obvious when the length of
the damping hole is less than 5 mm, and the increase begins
to decrease after the length of the damping hole exceeds
5 mm. When designing the structural parameters of the pul-
sation attenuator, the length of the damping hole should be
appropriately increased within the allowable range of the
overall structure, which can increase the turbulent energy
dissipation rate and enhance the Helmholtz pulsation attenu-
ator ability to absorb the excitation energy in the fluid.
Under the structural parameters that the length of the
damping hole is 6.5 mm and the maximum diameter of
the resonant cavity is 110 mm, the flow field analysis of

different damping hole diameter parameters is carried out,
respectively, and the velocity, turbulent kinetic energy, and
turbulent energy dissipation rate of the fluid domain in the
damping hole are obtained. It is illustrated in Figs. 10 and 11
that when the working conditions of the direct-drive pump
system and the fluid excitation signal source are determined,
other structural parameters are not changed. As the diameter
of the damping hole increases, the flow rate first decreases
and then increases, and the minimum value of the flow rate is
near 3 mm of the damping hole length. The turbulent energy
dissipation rate gradually decreases with the increase in the
damping hole diameter; when the damping hole diameter
is 2 mm, the turbulent energy dissipation rate reaches 857,
and there is a platform area near 3—4 mm, and the damping
hole diameter is 5 mm When the turbulent energy dissipation
rate was only 256, it was reduced by 70%. From the perspec-
tive of enhancing the vibration absorbing performance of
the PVDHPA, and considering the flow rate of the main
pipeline under the rated working conditions, the diameter of
the damping hole should be appropriately reduced to help
improve the overall vibration damping effect.

Under the damping hole with a diameter of 3 mm and
a length of 6.5 mm, the flow field analysis of different
cavity volume parameters is carried out, and the velocity,
turbulent kinetic energy, and turbulent energy dissipa-
tion rate of the fluid domain in the damping hole varying
with the volume of the cavity are shown in Figs. 12 and
13. To facilitate the model design and flow field char-
acteristic parameter analysis, the maximum diameter of
the resonant cavity is used as the independent variable
of the volume change of the resonant cavity. As can be
seen in Figs. 12 and 13, when the working conditions
of the direct-drive pump system and the fluid excitation
signal source are determined, other structural parameters,
such as fluid flow rate, turbulent kinetic energy, and tur-
bulent energy dissipation rate, are not changed. As the
volume of the resonant cavity increases, it fluctuates in a
wave shape. When the maximum diameter of the cavity
is 110 mm, the maximum value of the turbulent energy
dissipation rate is 562; when the maximum diameter of
the cavity is 120 mm, the maximum value of the tur-
bulent energy dissipation rate is at the minimum point,
about 452. Appropriately increasing the volume of the
resonant cavity will achieve a relatively good vibration
damping effect, but due to the overall structural size of
the PVDHPA and the piping arrangement, it is necessary
to select the relative maximum point of the turbulent dis-
sipation rate according to the actual working conditions.

According to the results obtained from the analysis of
the characteristics of the throttling field and the optimiza-
tion design calculation of the main structural parameters,
the length of the damping hole is selected as 6.5 mm, the
maximum diameter of the resonant cavity is 110 mm, and
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Fig. 14 Schematic diagram of
the PVDHPA test system
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the diameter of the damping hole is in the range of 2—4 mm.
The structure of a variable-diameter damping hole is used to
broaden the resonance frequency band of the pulsation atten-
uator and use the mechanical structure to optimize the vibra-
tion and noise reduction of the direct-drive pump system.

3 Experimental study
3.1 Performance test method

From the numerical results obtained, the optimal structural
parameters of the pulsation attenuator prototype are deter-
mined. The resistive vibration absorbing material is nylon.
Figures 14 and 15 present the schematic diagram and prac-
ticality picture of the PVDHPA test system, respectively.
A multi-channel vibration test acquisition analyzer was
used to carry out the vibration signal test experiment of the

Fig. 15 Prototype of PVDHPA and schematic diagram of vibration
test point arrangement

@ Springer
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Water tank
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direct-drive pump system. To ensure the accuracy of the
vibration test results and minimize the measurement error,
three data collection points were symmetrically arranged
on the bottom support platform of the direct-drive pump
system.

Each test point was sampled three times, and the average
value was taken to complete the analysis of the intensity and
the vibration acceleration value of the machine foot. The
probe of the vibration signal acquisition instrument can col-
lect the vibration acceleration of each test point in the three
directions of X, Y, and Z in the space. The X-horizontal plane
is perpendicular to the linear motor movement direction,
Y-the linear motor movement direction, Z-vertical direction.

The sampled vibration acceleration signal is processed by
the vibration test analysis software platform Coinv Dasp10
to obtain the vibration velocity of the sampling test point
in different directions in X, Y, Z and calculate the vibra-
tion intensity value of the direct-drive pump. Based on the
national standards for vibration intensity testing and evalua-
tion, the root-mean-square value of the vibration velocity is
defined as a measurement scale that characterizes the vibra-
tion intensity of the system, as shown in Eq. (19).

T
2(1)dt
T/o v3(1)
where V.

ms 15 the root-mean-square value of vibration veloc-
ity, v(¢) is the vibration speed as a function of time, and 7'is
the measuring period.
The definition expression of vibration intensity can be
written as:

19)
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Fig. 16 Time-domain signal of vibration acceleration without and with the installation of PVDHPA
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3.2 Performance test results and analysis
(20) o .
To analyze the actual vibration reduction effect of the pro-
posed PVDHPA under working pressure of 4 MPa and flow
rate of 330 L/min, the Newmark time integration method is

where V| is the vibration intensity, V,, V, and V_ are the
used to measure the vibration acceleration responses of the

root-mean-square value of vibration velocity in X, Y, and Z

directions, respectively, and N,, Ny, and N, are the several
test points in X, Y, and Z directions, respectively.

X-, Y-, and Z-axes, as shown in Fig. 16. As can be seen from
Fig. 16, the vibration and shock signal of the direct-drive
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Fig. 17 Frequency-domain signal of vibration acceleration without and with the installation of PVDHPA

Table 2 Vibration severity under different working pressures (Unit:
mm/s)

Experimental condition OMPa 1MPa 2MPa 3 MPa 4 MPa
With the PVDHPA 35 3.7 39 43 44
Without the PVDHPA 7.0 7.1 7.9 8.9 10.2

pump system has periodic changes, which are the same as
the reciprocating cycle of the linear motor, indicating that
the pressure and flow shock caused by the continuous recip-
rocating movement of the linear motor are the main causes
of system vibration factor. Comparing the time-domain
signal curve of vibration acceleration before and after the
installation of the Helmholtz pulsation attenuator, it can
be found that the amplitude of the vibration signal is sig-
nificantly weakened after the installation of the pulsation
attenuator, and the vibration acceleration waveform curve
is more stable.

Figure 17 illustrates the collected vibration acceleration
signal curve in frequency domain. It is clear that before
the PVDHPA is installed, the extreme values of the vibra-
tion signal spectrum are mainly distributed in several fre-
quency ranges around 100 Hz, 200 Hz, 400 Hz, 600 Hz,
and 4000 Hz. A wide range of excitation signals excites the
direct-drive pump system components to resonate. Compar-
ing the analysis results of the structural mechanical charac-
teristics of the direct-drive pump system in Sect. 3.2, the
low-order natural frequency of the system is distributed
between 63 and 345 Hz, which is the same as the resonance
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frequency range obtained by the actual vibration test
analysis.

Comparing and analyzing the frequency-domain curve
of the vibration acceleration signal before and after the
installation of the PVDHPA, it can be found that after the
vibration signal in the frequency range around 200-400 Hz
and 1000 Hz is significantly suppressed by the PVDHPA,
the vibration shock in the vertical direction is weakened.
Most obviously, the high-frequency vibration signal
changes little. The test results show that the designed
PVDHPA based on the dynamic characteristics analysis
has a good filtering effect on the excitation signal in the
frequency range of 200—400 Hz. Moreover, it has a better
absorption effect on the vibration signal near 1000 Hz and
high frequency. Consequently, the actual test results are
consistent with the design analysis, verifying the correct-
ness of the model and simulation analysis of the PVDHPA.

4 Results and discussion

The use of pipeline pulsation attenuator to weaken the res-
onance of the excitation signal and the main components
could reduce the overall vibration amplitude of the direct-
drive pump system. The Newmark method is applied to
the collected vibration acceleration signals taken to solve
the dynamic response of the vibration system in the three
directions of X, Y, and Z in space. The strength and vibra-
tion acceleration of the direct-drive pump system can be
obtained by Eqgs. (19) and (20). Table 2 lists the vibration
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Fig. 19 Vibration acceleration of the machine foot under different
working pressures without and with the installation of PVDHPA

intensities in different working conditions before and after
the PVDHPA is installed.

Fitting the vibration intensity data under different work-
ing conditions listed in Table 2, the system vibration inten-
sity before and after the PVDHPA is used as a function of
working pressure is plotted in Fig. 18. After the pulsation
attenuator is installed, the fitting curve function of the vibra-

tion intensity with the working pressure can be described as:
y = 0.2265x + 3.494 1)

where y is the vibration intensity, and x is the working pres-
sure (0—4 MPa).
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.18 Fitting curve of vibration severity under different working pressures without and with the installation of PVDHPA

When the pulsation attenuator is not installed, the fitting
curve function of the vibration intensity changing with the
working pressure is:

y = 0.8255x + 6.578 (22)

From the above test data and analysis, it can be seen
that as the working pressure increases, the system vibra-
tion intensity gradually increases, and the vibration intensity
values under rated conditions are 4.4 mm/s and 10.2 mm/s,
respectively. When the pulsation attenuator is not installed,
the vibration intensity of the direct-drive pump system
increases more rapidly with the increase in working pres-
sure. After installing the PVDHPA, the vibration intensity
under the rated working condition is reduced by 57.3% com-
pared with the non-installation. The machine foot vibration
acceleration index is used as the evaluation standard and
reference for the vibration performance of the direct-drive
pump system. When the vibration intensity is expressed in
decibels, mm/s is selected as the benchmark reference value;
that is, the effective value of the vibration velocity of the
reference benchmark is zero decibels. Then, the definition
expression of the vibration acceleration of the machine foot
is:

VS
V,=20lg =

Vo (23)

where V; is the conversion value of machine foot vibration
acceleration, V is the vibration intensity measurement and
calculation value, V; is the vibration intensity reference
value, and V, = 107> mm/s.

Figure 19 illustrates the vibration acceleration of the
machine foot under different working pressures, which was
calculated by Egs. (21) to (23). It can be seen from Fig. 19 that
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under rated conditions, the vibration acceleration values of the
machine feet before and after the installation of the PVDHPA
are 120.2 dB(A) and 112.8 dB(A), respectively, which has
realized the reduction of 7.4 dB(A). The test results show that
the use of the PVDHPA to absorb the fluid excitation signal
in the resonance frequency band of the main components of
the system can effectively suppress the vibration impact and
has a significant effect on reducing the vibration acceleration
index of the machine foot.

5 Conclusions

The working principle, structural optimization design, and
performance test of the PVDHPA are introduced in this
paper. Several conclusions are drawn as follows.

1. Appropriately increasing the length of the damping
hole, reducing the diameter of the damping hole, and
increasing the volume of the resonant cavity within the
allowable range of the overall structure will achieve a
relatively good vibration absorbing effect and improve
the Helmholtz pulsation attenuator ability to absorb the
excitation energy in the fluid. Combined with the main
resonance frequency bands of the direct-drive pump
system obtained from the structural dynamics analysis,
the optimized structure parameters of the porous, var-
iable-diameter Helmholtz pipeline pulsation attenuator
suitable for the large-flow direct-drive pump system are
selected as follows: The length of the damping hole is
6.5 mm; the maximum diameter of the resonance cavity
is 110 mm; and the damping hole diameter ranges from
2 to 4 mm.

2. After the Helmholtz pulsation attenuator is installed, the
vibration response amplitude of the direct-drive pump
is significantly reduced, and the vibration signal in the
frequency bands around 200-400 Hz and 1000 Hz is sig-
nificantly suppressed, and the vibration shock in the ver-
tical direction is most obviously weakened. Before and
after the installation of the multi-hole reducing Helm-
holtz pulsation attenuator, the vibration acceleration
values of the machine feet under rated conditions were
120.2 dB(A) and 112.8 dB(A), respectively, a decrease
of 7.4 dB(A). It shows that the porous, variable-diameter
Helmholtz pulsation attenuator designed according to
the conclusions of the dynamic characteristics analysis
has a good damping effect on the direct-drive pump sys-
tem.

Through the analysis of the above conclusions, it can be
found that the structural parameters of PVDHPA have an
important influence on the vibration response amplitude of
the direct-drive pump. Therefore, in the future work, we will

@ Springer

use the orthogonal experimental design and the response
surface method to optimize the PVDHPA structural param-
eters. In addition, the proposed PVDHPA can effectively
control the medium and high-frequency vibration of a direct-
drive pump, but it is difficult for this device to effectively
control the low-frequency vibration of a direct-drive pump,
so this can be the subject of further studies.
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