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1 Introduction

Micro-perforated panel (MPP) is a type of sound absorber 
with relatively high sound absorption coefficient and wide 
frequency band [1]. A typical configuration of the MPP 
sound absorber usually consists of a plate with micro-
perforations and a rigid wall behind it. The sound absorp-
tion mechanism of the MPP sound absorber depends on its 
micro-perforation and the resonance phenomenon, which is 
conceptually similar to Helmholtz resonator [2]. The MPP 
can be considered a lattice of short narrow tubes distributed 
on a plate, where the separation distance between the tubes 
is larger than the diameters of perforations, but small com-
pared to the wavelength of the impinging sound. The prop-
agation of a sound wave in the short tube has been studied 
by Lord [3] and has been simplified by Crandall [4]. The 
equation for the sound absorption coefficient of the MPP 
was first developed by Dah-You [5].

The equation for sound absorption coefficient was 
shown to reliably predict the sound absorption coefficient 
of the MPP sound absorber on the assumption that the MPP 
has high rigidity and thus the vibration of the plate can be 
neglected [5], where the thickness of the MPP under consid-
eration should be similar or close to the perforation’s diam-
eter [1]. However, this equation does not accurately describe 
the membrane or limp type MPP, for which the panel suf-
fers from high flexibility and vibration, and for which the 
vibration effect has to be considered when determining the 
sound absorption coefficient [6, 7]. The effect of vibration 
on the sound absorption coefficient of a MPP sound absorber 
has been treated as a mass reactance and a mechanical loss 
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[8–11], and considered as the imaginary and real parts of 
the MPP acoustic impedance, respectively. In the equiva-
lent electro-acoustical circuit, the mass reactance is added 
in parallel to the micro-perforation’s acoustic impedance. 
This simplified approach ignores the higher order modes 
of the plate. In real applications, the actual behaviour of a 
MPP can differ from that of the model. For example, when 
a MPP of considerable size is mounted or lined on the wall, 
the MPP will be more flexible and will have more vibration 
modes compared with small MPP specimen [12] mounted in 
the impedance tube during testing. In this case, the size of 
the MPP and the mounting method will affect the vibration 
of the MPP, as well as the sound absorption coefficient. In 
the past, owing to plate or cavity resonance, several analyses 
of sound absorption mechanisms have neglected the bending 
stiffness of the plate [13–16]. In contrast, Ford and McCor-
mick [17] considered the bending stiffness of a plate for the 
panel sound absorber sound absorption mechanism, and 
showed that the stiff panel sound absorber offers more than 
one sound absorption band. This shows that vibro-acous-
tic effect can improve the performance of the MPP sound 
absorber. This fact is augmented by the work of Lee et al. in 
which these authors used the bending stiffness effect in the 
analysis of flexible MPP for which the classical plate equa-
tion is coupled with the acoustic wave equation. Results of 
these studies indicated that the panel vibration effect can dis-
sipate more energy and the peak sound absorption coefficient 
band can be widened by appropriately selecting the design 
parameters of the MPP sound absorber [18]. The study by 
Lee et al. is important because it shows how vibro-acoustic 
effect can be included in the sound absorption coefficient 
calculation of the MPP by including the modes of the plate.

In its most basic form, the MPP sound absorber consists 
of a single layer MPP that is backed by a rigid wall, and 
the gap in between forms the air cavity. The limitation of 
a single layer MPP sound absorber is its narrow frequency 
band of sound absorption coefficient. Different designs of 
MPP sound absorbers, aiming to widen the sound absorp-
tion coefficient frequency band, have been proposed and 
analysed, such as multiple-layered MPP configurations, 
different perforation diameters, partitioning air cavity, and 
thick layer MPP [2, 19–23]. For noise frequencies lower 
than 1,000 Hz, the resonator-type, rather than the porous 
type, sound absorber is more suitable for attenuating the 
noise levels [24]. An MPP sound absorber with many per-
forations not only provides good sound absorption, but 
also enhances the conductive heat dissipation for a motor 
or compressor. To achieve the optimal design of the MPP 
sound absorber, an optimization technique with global max-
imization searching process should be used, because there is 
a possibility that several local maxima exist in the space of 
solutions. Simulated annealing (SA) and genetic algorithms 
are two techniques that can help overcome such problems 

[25, 26]. The SA technique has been successfully applied to 
acoustical problems, such as the optimization of aluminium 
foam and constrained composite sound absorber [27, 28], as 
well as to the investigations of noise barriers [29, 30]. Thus 
far, research on SA-based optimization of multiple-layered 
MPP sound absorbers has been done by limiting the sound 
absorption mechanism of the sound absorber to the perfo-
ration and air cavity resonance, and by ignoring the effect 
of plate vibration [31, 32]. The more accurate mathematical 
models, such as those developed by Ford and McCormick 
[17], Takahashi and Tanaka [33], and Lee et al. [18] have 
not been used to search for the optimally designed mod-
els of MPP sound absorbers. As the material for the MPP 
becomes thinner and lighter, the vibration modes within 
the range of frequencies of interest will increase; this will 
strongly influence the overall sound absorption performance 
of the MPP [34]. In the search for the optimally designed 
MPP sound absorber, it is longer be possible to ignore the 
vibration effect of the plate that is used for the MPP produc-
tion. In this work, we demonstrate the effectiveness of the 
vibro-acoustic model of the MPP by performing the optimi-
zation of the sound absorption coefficient for a double-lay-
ered MPP sound absorber that is designed to absorb noise 
from a typical air conditioner with noise frequencies rang-
ing from 200 to 1,000 Hz [35–37]. This work demonstrates 
the advantages of including the vibro-acoustic effect in the 
derivation of optimal performance of a double-layered MPP.

The benefit of the selected model for the optimization of 
MPP is the potential of improving further the performance 
of double-layered MPP by considering the vibration effect 
in the tuning of the design parameters. To demonstrate this, 
the simple rectangular geometries of model will be consid-
ered since this shape represents the majority of application 
of MPP in architectural and mechanical application. The 
effect of the plate modes and the back air cavity depth are 
investigated. The model assumes the incident sound wave 
is plane wave normal to the MPP thus only the perpendicu-
lar sound absorption is considered and the approach is not 
applicable for the oblique sound wave [18, 33, 34].

2  Theoretical derivation

In this section, the mathematical model development for 
the MPP sound absorber is presented, which considers 
the vibro-acoustic effect. The vibro-acoustic effect of an 
MPP absorber is based on the micro-perforation effect and 
acoustical-structural interaction.

2.1  Micro-perforation effect

As shown in Fig. 1, the four major design parameters in 
the modelling of MPP sound absorber’s sound absorption 
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coefficient are the perforation diameter d, the plate thickness 
t, the perforation ratio σ, and the air cavity depth D. In this 
figure, the MPP sound absorber is formed by a plate with 
micro-perforations punched on it, and is backed with a rigid 
wall with air cavity in between. The perforation ratio σ is 
defined as the ratio of the total perforated area Ap to the area 
of the MPP, Ampp, which depends on the distance between 
the two perforations and on their spatial arrangement.

The sound absorption coefficient of a MPP sound 
absorber is related to the acoustic impedance of the micro-
perforations and the air cavity depth. Figure 2 shows a 
typical configuration of a MPP sound absorber, and the 
equivalent electro-acoustical circuit that is used to describe 
it. By referring to Fig. 2, the equivalent electro-acoustical 
circuit, the components of the MPP’s acoustic impedance 
in the complex quantity are analogous to those of electrical 
impedance; the real part of the MPP’s acoustic impedance 
represents the acoustic resistance, R, and the imaginary part 
represents the acoustic reactance, M. A similar analogy is 
also applied for the backed air cavity. The acoustic imped-
ance of the perforations on the plate can be written as [1]:

where

The acoustic impedance, z0, consists of real (zOR) and 
imaginary (zOI) parts, which represent the acoustic resist-
ance, R, and the acoustic reactance, M, respectively. For 
Eqs. (2) and (3), the perforation constant is x = d(ρ0ω/4μ)1/2 
and it is defined as the ratio of the perforation’s diameter to 
the thickness of the air at the viscous boundary’s layer in the 
perforation. Kinematic viscosity constant of the air is μ, the 
speed of sound is c, and ρ0 is the density of air.

(1)z0 = zOR + zOI = R+ jM,

(2)R =
32µt

ρ0cd2
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The acoustic impedance equation in Eq. (1) ignores 
the vibration effect that is induced by the incoming sound 
wave. The effect of the MPP’s vibration can be taken into 
consideration by taking into account the acoustic-structural 
interaction, as proposed by Lee et al. [18] and Takahashi 
and Tanaka [33]. In the following section, we derive the 
MPP vibro-acoustic effect, based on the classical plate 
equation coupled with acoustic wave in addition to acoustic 
coupling with the vibrating perforated plates [33].

2.2  Acoustical-structural interaction

Figure 3a shows a rectangular cavity-backed MPP of length 
a, width b, and depth D. Figure 3b shows the mean particle 

Fig. 1  Parameters that were used in the modeling of MPP sound 
absorber’s sound absorption coefficient

Fig. 2  A typical configuration of a MPP sound absorber (left) and its 
equivalent electro-acoustical circuit (right) [1]

Fig. 3  a The flexible MPP backed air cavity, b analytical model of 
the MPP
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velocity V̄ in relation to the plate velocity vp and the air particle 
velocity v0 averaged over the perforation ratio σ of the MPP. 
The MPP is vibrating under acoustic loading with the pressure 
difference between the external pressure, p, and the internal 
pressure pD at location (x, y, D). In this case, the viscous force 
at the air–solid interface in the perforation depends on the rela-
tive velocity v0 – vp. The resistance term of the perforation’s 
acoustic impedance, z0, is related to the air–solid interaction. 
The relation between the perforation’s acoustic impedance, the 
plate’s velocity, and the velocity of air particles was proposed 
by Takahashi and Tanaka [33], and is given as:

When the MPP is vibrating, it is subjected to the pres-
sure difference, Δp = p − pD, and the governing equation 
for the MPP with the vibration effect [12] can be written as:

where

The quantity Dp is the plate bending stiffness, E is the 
Young modulus, v is the Poisson ratio, ρp is the plate sur-
face density, and S is the plate displacement, which can be 
expressed as:

In this case, Amn is the modal amplitude of the (m, n) 
mode, and Xm(x) Yn(y) is the (m, n) normal mode shape. 
The M and N are the numbers of structural modes that are 
used in the study. For a plate with simply supported bound-
ary condition, the normal mode shape can be written as:

where χm = mπ/a and χn = nπ/b [12]. At the same time, 
the velocity of the plate can be expressed in terms of the 
mode shapes Xm(x) Yn(y) at the location (x, y) by differenti-
ating S(x, y)exp(jωt) with respect to time:

(4)zOR
(

v0 − vp
)

+ zOIvp = p− pD.

(5)Dp∇4S(x, y, t)+ ρp
∂2S(x, y, t)

∂t2
= (p− pD) exp (jωt),

∇4 =
(

∂2

∂x2
+

∂2

∂y2

)2

; Dp =
Et3

12
(

1− v2
) .

(6)

S(x, y, t) = S(x, y) exp (jωt)

=

M
∑

m=1

N
∑

n=1

AmnXm(x)Yn(y) exp (jωt).

(7)Xm(x) = sin (χmx); Yn(y) = sin (χny),

(8)

vp(x, y) =
∂

∂t

[

S(x, y) exp (jωt)
]

= jωS(x, y) exp (jωt)

=

M
∑

m=1

N
∑

n=1

BmnXm(x)Yn(y) exp (jωt),

where Bmn = jωAmn is the modal velocity amplitude for the 
(m, n) mode.

The amplitude of the sound pressure, pD, at the location 
(x, y, D) within the air cavity is given as:

where

z̄0 = z0/σ is the averaged acoustic impedance of the 
micro-perforations on the plate, and zuwa  is the acoustic 
impedance of the air cavity for the (u, w) acoustic mode 
in the x and y directions. The quantities U and W are the 
numbers of the acoustic modes that are used in the x and y 
directions. The detailed derivation of Eq. (9) can be found 
in the work of Lee et al. [18].

The averaged velocities and pressure are obtained from 
Eq. (4) by integrating over the MPP area, as shown below:

where

The averaged plate’s velocity, v̄p, and the averaged par-
ticle’s velocity at the location (x, y, D), V̄ , are given in 
Eqs. (11) and (12), respectively, as:

where Z is the impedance of the plate. In Eq. (4), the com-
ponent p − pD is replaced with �p̄. The averaged velocity 
and the impedance of the plate [18] are obtained as:

(9)
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U
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W
∑
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(10)zOR
(

v̄0 − v̄p
)

+ zOIv̄p = p− p̄D,

�p̄ = p− p̄D =

a
∫

0

b
∫

0

p− pDdxdy

ab
; v̄p =

a
∫

0

b
∫

0

vpdxdy

ab
;

v̄0 =

a
∫

0

b
∫

0

v0dxdy

ab
.

(11)Zv̄p = p− p̄D,

(12)V̄ = (1− σ)v̄p + σ v̄0,
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where

zmn is the modal impedance of the (m, n) mode of the 
plate, ξmn is the modal damping ratio, and ωmn is the reso-
nant frequency at the (m, n) mode.

The relationship between the averaged particle velocities 
in the perforation and the averaged velocity of the plate can 
be obtained by substituting Eq. (11) into Eq. (10):

In order to eliminate v̄0, Eq. (15) is substituted into 
Eq. (12), which gives:

The acoustic impedance of the MPP, normalised by the 
ρ0c, is defined as:

(13)v̄p =
M
∑

m=1

N
∑

n=1

�p̄εmnε
′
mn

ηmnzmn
,

(14)Z = �p̄

(

1

v̄p

)

=

[

M
∑

m=1

N
∑

n=1

εmnε
′
mn

ηmnzmn

]−1

,

ηmn =
b

∫

0

a
∫

0

Xm(x)
2Yn(y)

2dxdy;

εmn =
b

∫

0

a
∫

0

Xm(x)Yn(y)dxdy; ε′mn =
εmn

ab
;

zmn = ρp
ξmnωmnω + j

(

ω2 − ω2
mn

)

ω
,

(15)zOR
(

v̄0 − v̄p
)

+ zOIv̄p = Zv̄p ⇒ v̄0 =
(Z + zOR)

zo
v̄p.

(16)V̄ =
zOR+(1−σ)zOI

σ
+ Z

z̄o
v̄p ≈

z̄o + Z

z̄o
v̄p when σ ≪ 1.

(17)Zmpp =
p− p̄D

ρ0cV̄
.

Equations (11) and (16) are substituted into Eq. (17) to 
result in:

The acoustic impedance for the backed air cavity MPP, 
Zc [5], is given as below:

where k is the wave number and D is the air cavity depth.
The resulting total acoustic impedance of the MPP 

sound absorber is the summation of acoustic impedance of 
the MPP, Zmpp, and the acoustic impedance of the backed 
air cavity:

The resulting normal-incidence sound absorption coef-
ficient, α, can be calculated as:

Equation (21) gives the sound absorption coefficient for 
a typical single layer MPP sound absorber. As suggested by 
some researchers, multiple layer MPP sound absorbers can 
be used in order to broaden the frequency band of the sound 
absorption coefficient [5, 10, 21, 38]. In the present study, 
we used a double-layered MPP sound absorber. Figure 4a 
shows the sound absorber with two layers of MPPs and two 
air cavities. For the double-layered MPP configuration, the 
distance between the two MPP layers is D1 and the distance 
between the inner layer MPP and the rigid wall is D2. This 
configuration can also be represented by the equivalent 
electro-acoustical circuit for a double-layered MPP sound 
absorber, as depicted in Fig. 4b. Figure 4b shows that the 
impedances of plate 1, Z1, and plate 2, Z2, which consider 
the vibration effect, are added in parallel to the acoustic 
impedance of perforated plate 1, z̄o1, and perforated plate 2, 

(18)Zmpp =
Zv̄p

ρ0c
z̄o+Z
z̄o

v̄p
⇒ Zmpp =

z̄oZ

ρ0c(z̄o + Z)
.

(19)Zc = −j cot (kD),

(20)Ztotal = Zmpp + Zc.

(21)α =
4Re(Ztotal)

(1+ Re(Ztotal))
2 + (Im(Ztotal))

2
.

Fig. 4  a A typical configura-
tion of a double-layered MPP 
sound absorber, b the equivalent 
electro-acoustical circuit that 
includes the effect of MPP 
vibration
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z̄o2, respectively. This gives the resulting acoustic imped-
ance of MPP 1, Zmpp1, and acoustic impedance of MPP 2, 
Zmpp2. The acoustic impedances of air cavity for MPP 1, 
ZC1, and MPP 2, ZC2 are maintained.

Based on the equivalent circuit of double-layered MPP 
sound absorber that is shown in Fig. 4b, the overall acous-
tic impedance can be calculated as:

where 

ZT2 = (Zmpp2+Zc2)
Zc1+Zc1(Zmpp2+Zc2)

;  Zmpp1 = z̄o1Z1
ρ0c(z̄o1+Z1)

; 

Zmpp2 = z̄o2Z2
ρ0c(z̄o2+Z2)

; Zc1 = −j cot (kD1); 
Zc2 = −j cot (kD2);  z̄o1 = R1 + jM1;  z̄o2 = R2 + jM2.

The resulting normal-incidence sound absorption coef-
ficient, α′, can be calculated for a double-layered MPP 
sound absorber as:

3  Methodology

The SA solver available in the MATLAB was used in the 
MPP sound absorber optimization. The objective func-
tion is maximizing the mean sound absorption coefficient 
for the prescribed frequency range. When running the SA 
optimization in the MATLAB, the initial temperature is 
set (normally start with zero) and a random trial point is 
generated by the algorithm. Then the algorithm starts with 
a new point and the objective function is evaluated. The 
algorithm will determine whether the new point is better 
or worse than the current point. If the new point is bet-
ter than the current point, it becomes the next point. How-
ever, if the new point is worse than the current point, the 
algorithm can still make it to the next point referring to 
the acceptance function [P(T) = exp (ΔF/BT)] in which 
the ΔF, B, and T are the difference of the objective func-
tion, Boltzmann constant, and current temperature, respec-
tively. If the criteria are not achieved, then the iteration is 
restarted at the starting point until a new point is obtained.

The algorithm will lower the temperature systemati-
cally and store the best point found so far. The algo-
rithm keeps looping and only stops to iterate when the 
average change in the objective function is small rela-
tive to the prescribed stopping value. By this, the design 
parameters of MPP sound absorber which considered 
in the SA evaluation are optimally tuned. This optimi-
zation evaluation was carried out on a computer with 
Intel® Xeon® Processor W3520 (2.67 GHz) and 12 GB 
DRAM system.

The vibro-acoustic model for the sound absorption coef-
ficient of the MPP sound absorber, shown in Sect. 2, was 

(22)ZDMPP = Zmpp1 + ZT2,

(23)α
′
=

4Re(ZDMPP)

(1+ Re(ZDMPP))
2 + (Im(ZDMPP))

2
.

implemented in MATLAB programming script. For this 
optimization study, the thickness of the MPP was taken as 
0.574 mm, which corresponds to Gauge 24 of the standard 
metal sheet gauges. The MPP was rectangular, with length 
and width of 0.65 and 0.511 m, respectively. This corre-
sponded to a typical size of a wall mounted air conditioner 
outdoor unit with 0.6 kW compressor. For the initial case 
study, the MPP’s edge boundary condition was assumed as 
simply supported with no damping.

In order to validate this approach, a single layer 
MPP sound absorber was analysed to obtain the optimal 
sound absorption coefficient for the targeted frequency 
of 500 Hz. The design parameters of a single layer MPP 
sound absorber for the SA optimization included the diam-
eter of the perforations, d, the perforation ratio (=distance 
between the perforations), σ, and the air cavity depth, D. A 
single layer MPP sound absorber with these design param-
eters was used to verify the results obtained from the SA 
optimization algorithm, and the data set was used for the 
mode shape estimation, which is important in the imple-
mentation of Eqs. (6)–(8).

In the initial case study of a single layer MPP sound 
absorber, nine mode shapes (m, n), of aluminium plate were 
considered for the optimization. The mode shapes considered 
were (m, n), where m = 1, 2, 3 and n = 1, 2, 3. The symbol 
(m, n) denotes the number of nodal lines in x and y direc-
tions, respectively. The frequencies and the mode shapes 
were obtained by using the finite element method software 
ABAQUS [39], and are shown in Fig. 5. In these figures, 
the nodes and the antinodes can be clearly seen in the mode 
shapes of the plate. The frequencies are tabulated in Table 1 
and are used in the subsequent optimization process.

3.1  Optimization of a single layer MPP

For a single layer MPP sound absorber, the diameter of 
the perforations on the plate should be in sub-millimetre 
range [1, 5]. For practical purposes, the perforation ratio 
was set at <1 % for both the single and the double-layered 
MPPs, and for each the cavity depth was limited to 30 mm. 
Optimization of design parameters was done in order to 
obtain the optimal design parameters for a single layer 
MPP sound absorber to maximise the absorptivity at the 
centre frequency of 500 Hz. The objective function of the 
sound absorption coefficient for a single layer MPP sound 
absorber OBJ1 was:

(24)

Maximise: OBJ1 = α(f , d, σ ,D)

=

4Re(Ztotal)

(1+ Re(Ztotal))
2
+ (Im(Ztotal))

2

f = 500(Hz); 0.0001(m) ≤ d ≤ 0.0008(m);

Subject to: 0.05(%) ≤ σ ≤ 1(%); 0.001(m) ≤ D ≤ 0.03(m)
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3.2  Optimization of a double-layered MPP

An existing noise spectrum of an air conditioner was 
previously used in order to demonstrate the practical 
applicability of the MPP [36]. An additional considera-
tion in the design of the MPP sound absorber is to obtain 

a wider frequency band for sound absorption, which 
can be achieved by using a double-layered MPP. When 
considering the optimization of the double-layered MPP 
sound absorber, the constraints on the design param-
eters were similar to the constraints on the single layer 
MPP sound absorber design parameters. We sought to 

Fig. 5  Natural frequencies and natural vibration modes of the aluminum plate with thickness 0.574 mm
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maximise the averaged sound absorption coefficient ᾱ′ 
of a double-layered MPP sound absorber for the fre-
quency band, Δf, from 200 to 1,000 Hz. The optimal 
sound absorption performance of a double-layered MPP 
absorber was investigated with respect to the five design 
parameters, namely the vibro-acoustic effect, the con-
figuration, the thickness, the damping ratio, and the edge 
boundary condition. The objective function of the aver-
aged sound absorption coefficient for the double-layered 
MPP sound absorber was:

The series of constraints for the design parameters of 
double-layered MPP sound absorber were as follows:

(25)Maximise : OBJ2 = ᾱ′(�f , d1, σ1,D1, d2, σ2,D2).

�f = 200(Hz)− 1000(Hz);

0.0001(m) ≤ d1 ≤ 0.0008(m);

0.05(%) ≤ σ1 ≤ 1(%);

Subject to : 0.001(m) ≤ D1 ≤ 0.03(m);

0.0001(m) ≤ d2 ≤ 0.0008(m); 0.05(%) ≤ σ2 ≤ 1(%);

0.001(m) ≤ D2 ≤ 0.03(m).

4  Results and discussion

In this section, verification is conducted for the model 
validation of sound absorption coefficient of MPP sound 
absorber with vibro-acoustic effect by comparing with the 
published results. This is followed by the mode shape esti-
mation of aluminium plate for the subsequent optimization 
study. In this optimization study, the double-layered MPP 
sound absorber is investigated with respect to five design 
parameters, which are vibro-acoustic effect, the configura-
tion, the thickness, the damping ratio and the edge bound-
ary condition. The respective optimization results and anal-
ysis will be presented in the subsequent sections.

4.1  Model verification

In this study, we used the results that were published by 
Lee and Lee [40] in order to test the validity of the vibro-
acoustic model. Design parameters similar to those used 
in the study of Lee et al. were used in the present model, 
and the sound absorption coefficient of a single layer MPP 

Table 1  Natural frequency 
of the respected mode shape 
obtained from the finite element 
analysis

Mode shape (m, n) Simply supported clamping edge 24 bolted edge clamping

Natural frequency, ωmn (Hz), damping ratio, ξ:0 %

t 1.024 mm t 0.574 mm t 0.320 mm t 0.160 mm t 0.574 mm

(1, 1) 15.475 8.678 4.838 2.419 14.638

(1, 2) 44.222 24.799 13.825 6.913 34.118

(1, 3) 92.311 51.768 28.860 14.430 64.242

(2, 1) 33.223 18.631 10.387 5.193 26.211

(2, 2) 61.953 34.742 19.369 9.684 44.976

(2, 3) 110.010 61.696 34.396 17.198 74.888

(3, 1) 62.872 35.258 19.656 9.828 45.004

(3, 2) 91.573 51.353 28.630 14.315 63.064

(3, 3) 139.59 78.282 43.642 21.821 92.293

Fig. 6  Sound absorption 
coefficient of a single layer 
MPP sound absorber, cal-
culated from the present 
model, and measured in the 
studies of Lee and Lee [40]: 
a = b = 0.32 m, D = 100 mm, 
σ = 0.15 %, d = 0.5 mm, 
t = 0.5 mm, ρp = 3.9 kg/
m2, ξ11 = ξ31 = ξ13 = 0.02, 
ω31 = 2π × 154 rad/s, 
ω51 = 2π × 264 rad/s, and 
ω11 = 2π × 275 rad/s
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sound absorber was calculated and plotted, as shown in 
Fig. 6.

As Fig. 6 shows, the curve that describes the modelled 
sound absorption coefficient closely followed the trend 
shown by the measured results [40]; this indicates that the 
modelling results are in a good agreement with the experi-
mental ones. For both curves, the correlation coefficient, 
R2, was found to be 0.86, which shows that the modelling 
of vibro-acoustic effect is plausible. At the same time, for 
both sets of results, the root mean square error, and the 
coefficient of the root mean square error, CV, attained rela-
tively low values of 0.082 and 0.152, respectively. This 
validated vibro-acoustic model of the MPP sound absorber 
will be used for optimization, as we describe next.

4.2  Mode shape estimation

We used a single layer MPP sound absorber with four 
design parameters (Fig. 1), in order to correctly capture 

the influence of the vibro-acoustic effect on the sound 
absorption coefficient during the optimization process. 
The objective of the optimization process was to use the 
SA optimization to maximise the sound absorption coeffi-
cient frequency at 500 Hz. The resultant (optimized) sound 
absorption coefficient is shown in Fig. 7, and optimal 
design parameters are listed in Table 2. As Fig. 7 shows, the 
optimal sound absorption coefficient peaked at the target 
frequency of 500 Hz.

The optimal design parameters, obtained for the single 
layer MPP sound absorber, were then used to determine the 

Fig. 7  Sound absorption coef-
ficient of a single layer MPP 
sound absorber. Parameters: (d, 
t, σ, D) = (0.70347, 0.574 mm, 
0.21 %, 25.7 mm)

Fig. 8  Sound absorption coef-
ficient of a single layer MPP 
sound absorber calculated by 
including the sets of modes S0, 
S2, S3, and S4. Parameters: (d, 
t, σ, D) = (0.70347, 0.574 mm, 
0.21 %, 25.7 mm)

Table 2  Optimized design parameters for a single layer MPP sound 
absorber (without vibro-acoustic effect)

Optimised design parameters t (mm) α

d (mm) D (mm) σ (%)

0.70347 25.7 0.21 0.574 0.9999
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sound absorption coefficient for the scenario that accounts 
for the vibration effect of the MPP by using, in Eq. (14), 
the different modes of the aluminium plate. Table 3 lists 
the modes (labelled from S0 to S6) that were considered in 
the vibro-acoustic model of the MPP to compute the sound 
absorption coefficient of the MPP sound absorber.

Figure 8 shows four sets of modes (S0, S2, S3, and S4) 
that are included in the computation of sound absorption coef-
ficient. It can be seen that the sound absorption coefficient 
curves of modes S2, S3, and S4 overlap and are quite similar 
to each other, but are not similar to S0. This shows that inclu-
sion of modes (1, 1), (1, 2), and (1, 3) in Eq. (14) is sufficient 
to influence the sound absorption coefficient of the MPP.

In Fig. 9, the sound absorption coefficient curves use the 
individual mode (1, 1) to describe the curve S1, modes (1, 2), 
(2, 1), (2, 2), (2, 3), and (3, 2) to describe the curve S6, modes 
(1, 3), (3, 1), and (3, 3) to describe the curve S5, and the curve 
S0 is used as a reference for the comparison. It can be seen 
that the sound absorption coefficient curve S6 overlaps the 
curve S0 when its mode shape or vibration effect considera-
tion is excluded for the calculation of sound absorption coef-
ficient. Based on this observation, it can be concluded that the 
modes (1, 2), (2, 1), (2, 2), (2, 3), and (3, 2) do not contribute 
to the sound absorption coefficient performance of the MPP 

sound absorber. However, the sound absorption coefficient 
curve of S1 that considers the (1, 1) mode shows that the peak 
is shifted and becomes more significant when compared with 
the curves S0 and S6. It can be seen that the mode (1, 1) is the 
dominant mode that significantly affects the sound absorption 
coefficient of a MPP sound absorber.

This result can be explained by considering the vibration 
mode shape, as depicted in Fig. 5. From Fig. 5a for the mode 
(1, 1), it can be seen that the whole plate has a displacement 
pattern that gives the maximum averaged plate’s velocity 
[34, 41]. Based on Fig. 5, the plate mode shapes for the even 
modes of (1, 2), (2, 1), (2, 2), (2, 3), and (3, 2) show the pattern 
displacement which result in the averaged plate’s velocity to 
be zero which cannot contribute to the overall sound absorp-
tion coefficient. However, vibration mode shapes for the odd 
modes of (1, 3), (3, 1), and (3, 3) show the displacement pat-
tern where the averaged plate’s velocity is not zero, which 
allows them to contribute and influence the sound absorption 
coefficient. This explains why the sound absorption coefficient 
curve S5 is located between the curves S0 and S6, as is shown 
in Fig. 9. In this figure, the curve S5 with the vibration mode 
shapes of (1, 3), (3, 1), and (3, 3) result in the averaged plate’s 
velocity, which contributed and influenced the sound absorp-
tion coefficient of the MPP sound absorber although the effect 
was not as strong when compared with the dominant mode 
(1, 1). Indeed, as shown by Lee et al. [18], the m and n of the 
mode shape (m, n) that denote the nodal lines for directions x 
and y, respectively, should always be odd numbers in order to 
contribute significantly to the sound absorption coefficient of a 
MPP sound absorber when vibro-acoustic model is used.

4.3  Double-layered MPP

In this section, design parameters of a double-layered MPP 
sound absorber are considered for optimization that aims 
to maximise the mean sound absorption coefficient for 
wideband sound absorption, and mean sound absorption 

Fig. 9  Sound absorption 
coefficient of a single layer 
MPP sound absorber calcu-
lated by including the sets 
of mode shapes S0, S1, S5, 
and S6. Parameters: (d, t, σ, 
D) = (0.70347, 0.574 mm, 
0.21 %, 25.7 mm)

Table 3  The sets of modes that were used to determine the sound 
absorption coefficient of the single layer MPP sound absorber

Set Mode considered in the model

S0 No mode consideration/no vibration effect

S1 (1, 1)

S2 (1, 1), (1, 2), (1, 3)

S3 (1, 1), (1, 2), (1, 3), (2, 1), (2, 2), (2, 3)

S4 (1, 1), (1, 2), (1, 3), (2, 1), (2, 2), (2, 3), (3, 1), (3, 2), (3, 3)

S5 (1,3), (3,1), (3,3)

S6 (1,2), (2,1), (2,2), (2,3), (3,2)
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coefficient is used to reflect the overall increase in the sound 
absorption for this design. To simplify the optimization and to 
allow for direct comparison with single layer MPP, the design 
constraints of the MPP are similar for the outer and inner lay-
ers of the MPP. The sound absorption coefficient curve of the 
many-layered sound absorber usually exhibits several peaks, 
and makes it difficult to optimize the sound absorption coeffi-
cient at a single target frequency [32, 42]. Thus, the objective 
function here is to maximise the mean sound absorption coef-
ficient of the double-layered MPP sound absorber around the 
desired optimized frequency band.

4.3.1  Vibration effect

The optimized design parameters that were obtained by 
including the vibration effect are tabulated in Table 4. For 

comparison, these values of design parameters were also 
used to determine the sound absorption coefficient in the 
mathematical model that does not account for the vibration 
effect, and these results are shown in Fig. 10.

Figure 10 shows the sound absorption coefficient of 
the MPP sound absorber, obtained with and without 
vibration effect taken into account. When the vibra-
tion effect was accounted for, the MPP performance 
was characterised by a wider band of sound absorp-
tion coefficient and improved overall sound absorption 
coefficient. Improvement could be observed in the fre-
quency range 190–540 Hz (increase of 12.52 %) and 
for higher frequency range 780–1,600 Hz (increase of 
8.88 %). These results show that the vibration effect 
influences the sound absorption coefficient of a double-
layered MPP sound absorber. Similar observation was 
also made in the study of Takahashi and Tanaka [33], in 
which the plate vibration was found to produce appreci-
ably increased sound absorption coefficient of the per-
forated plate’s sound absorber. Therefore, the vibration 
effect of a MPP should be taken into consideration for 
the calculation of a MPP’s sound absorption coefficient, 
in order to better capture the behaviour of a MPP sound 
absorber.

Table 4  Optimized design parameters obtained for sound absorption coefficients, with and without MPP vibration effect

Optimised design parameters t1, t2 (mm)

d1 (mm) D1 (mm) σ1 (%) d2 (mm) D2 (mm) σ2 (%)

0.68739 29.8 0.84 0.17031 29.3 0.59 0.574

Fig. 10  Sound absorption 
coefficients obtained with and 
without vibration effect taken 
into account

Table 5  Optimized design parameters for a single layer MPP sound 
absorber

Optimised design parameters t (mm) ᾱ′ Num of iterations

d (mm) D (mm) σ (%)

0.30878 30 0.53 0.574 0.6396 1,797

Table 6  Optimized design 
parameters for a double-layered 
MPP sound absorber

Optimised design parameters t1, t2 (mm) ᾱ′ Num of iterations

d1 (mm) D1 (mm) σ1 (%) d2 (mm) D2 (mm) σ2 (%)

0.68739 29.8 0.84 0.17031 29.3 0.59 0.574 0.8268 4,305
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4.3.2  Configuration of MPP

We compared the effectiveness of a double-layered MPP 
sound absorber with the effectiveness of a single layered 
MPP in delivering the wider frequency band of sound 
absorption coefficient. Tables 5 and 6 list optimized design 
parameters that were obtained for the single and double-
layered MPP sound absorbers, respectively. The sound 
absorption coefficient curves for single and double-layered 
MPP sound absorbers are shown in Fig. 11.

Using the data shown in Fig. 11 it is found that the 
mean sound absorption coefficient for the single and 
double-layered MPP sound absorbers with the optimized 
design parameters are 0.6396 and 0.8268, respectively. It 
is observed that the sound absorption characteristic of a 
double-layered MPP sound absorber has a wider band and 
higher peak value compared with a single layer MPP sound 
absorber. The sound absorption coefficient performance of 
a single layer MPP sound absorber is limited, in that it can 
only provide a peak sound absorption coefficient at the fre-
quency 720 Hz and within a narrow frequency band. On the 
other hand, a double-layered MPP sound absorber provides 
a wider frequency band of sound absorption coefficient.

A double-layered MPP sound absorber will typically 
exhibit two significant peaks of the sound absorption coef-
ficient at the resonant frequency, which is caused by the 
Helmholtz-type resonance. This phenomenon had also been 
observed in the studies of Sakagami et al. [21] and Lee and 

Lee [40], in which the bandwidth of the sound absorption 
coefficient of the double-layered MPP sound absorber was 
generally wider than that of the single layer MPP sound 
absorber due to the two resonance peaks that overlapped 
each other to produce a broader absorption region. On the 
other hand, the dip between the two resonance peaks is 
not obvious, flattened out, and becomes smooth. This hap-
pened due to the appropriately tuned combination of design 
parameters for the double-layered MPP sound absorber that 
was achieved by the SA optimization. This suggests that 
a double-layered MPP sound absorber can be optimally 
tuned for the attenuation of the wide frequency band noise, 
especially when dealing with the noise that is generated by 
electrical appliances, which normally drops in intensity for 
frequencies lower than 1,000 Hz [35].

4.3.3  Thickness of MPP

In this section, we consider the thickness of the MPP as a 
study parameter. Four different MPP thickness values were 
considered for the SA optimization: 1.024 mm (Gauge 18), 
0.574 mm (Gauge 23), 0.32 mm (Gauge 28), and 0.16 mm 
(Gauge 34). The natural frequencies for each mode shape 
and the respective thickness are listed in Table 1. Table 7 
lists the optimized design parameters that were obtained for 
the double-layered MPP sound absorbers with different val-
ues of MPP thickness. As is shown in Table 7, the perfora-
tion ratio of layer 1, σ1, decreases and the perforation ratio 

Fig. 11  Sound absorption coef-
ficients of single and double-
layered MPP sound absorbers

Table 7  Optimized design 
parameters for double-layered 
MPP sound absorber with MPPs 
of different thickness

Optimised design parameters t1, t2 (mm) ᾱ′ Num of iterations

d1 (mm) D1 (mm) σ1 (%) d2 (mm) D2 (mm) σ2 (%)

0.74843 28.9 0.96 0.33840 29.6 0.39 1.024 0.7984 3,137

0.68739 29.8 0.84 0.17031 29.3 0.59 0.574 0.8268 4,305

0.78467 29.7 0.71 0.10025 29.6 0.85 0.320 0.8382 9,183

0.23528 29.9 0.42 0.10000 29.6 0.85 0.160 0.8119 9,728
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of layer 2, σ2, increases when the plate becomes thinner. At 
the same time, the number of iterations for the optimization 
also increases and more iterations are required for the thinner 
plate scenario. The sound absorption coefficient curves for 
different values of MPP thickness are compared in Fig. 12.

Figure 12 shows the sound absorption coefficients 
obtained for the four different values of MPP’s sheet thick-
ness. For frequencies lower than 430 Hz, there is not much 
difference between the sound absorption coefficients for 
MPPs of different thickness. As the MPP sheet becomes 
thinner, the sound absorption coefficient of a double-lay-
ered MPP sound absorber increases for frequencies that are 
higher than 950 Hz. In the range of frequencies from 950 to 
2,000 Hz, the sound absorption coefficient of the MPP gauge 
34 increases by 63 % compared with the MPP gauge 18.

The increasing thickness of a MPP and the relatively 
small perforations induce larger acoustic resistance or 
reactance, which in turn results in low acoustical perfor-
mance of a MPP sound absorber. According to Sakagami 
et al. [43], as the thickness of a MPP increases, the peak 
sound absorption coefficient shifts to the lower frequency 
range and its amplitude is greatly reduced. This happens 
because the acoustic resistance of the panel becomes high 
due to the increasing thickness of a MPP. When comparing 
this with the effect of the MPP’s thickness, a similar trend 
of the sound absorption coefficient curves is observed. For 
the MPP thickness of 1.024 mm, the peak sound absorp-
tion coefficient is shifted toward the lower frequency range 

and becomes narrow frequency band, while at the same 
time its intensity is decreased. However, the thinnest MPP 
(t = 0.16 mm) gives the relatively wide bandwidth of sound 
absorption coefficient.

4.3.4  Damping

Three levels of damping ratio were considered in the pre-
sent study: 0, 4, and 8 %. The optimized design parameters, 
obtained by taking into account the MPP damping ratio, 
are listed in Table 8. The sound absorption coefficients are 
compared in Fig. 13.

Comparison of the sound absorption coefficients (Fig. 13) 
shows that these are not significantly affected when the damp-
ing ratio is increased from 0 to 8 %. For frequencies that 
range from 480 to 1,000 Hz, the sound absorption coefficient 
improves by 2.18 % when the damping ratio is changed from 
0 to 8 %. The damping ratio of 4 % maintains the trend that is 
similar to that of the non-damped case, and thus is not able to 
improve the sound absorption coefficient. Based on the results 
of this study, we conclude that the damping ratio cannot be 
used to effectively improve the sound absorption coefficient of 
a double-layered MPP sound absorber.

4.3.5  Boundary condition

In the optimization studies that were performed above, the 
edge clamping boundary condition of a MPP was assumed 

Fig. 12  Sound absorption coef-
ficients of double-layered MPP 
sound absorber obtained for 
MPPs of different thickness

Table 8  Optimized design parameters for double-layered MPP sound absorber with different damping ratios of MPP

Optimised design parameters Damping ratio, ξ (%) ᾱ′ Num of iterations

d1 (mm) D1 (mm) σ1 (%) d2 (mm) D2 (mm) σ2 (%)

0.68739 29.8 0.84 0.17031 29.3 0.59 0 0.8268 4,305

0.68051 29.6 0.81 0.18203 28.3 0.55 4 0.8217 6,538

0.78801 29.8 0.99 0.14629 29.8 0.93 8 0.8248 5,986
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as simply supported. Bolted condition is more representa-
tive of the real application because the mounting of plates 
requires the edge to be bolted or riveted. A total of 24 
bolted mountings at the four edges of a rectangular MPP 
sheet were modelled using the ABAQUS FEA software. 
The mode shape analysis was carried out on the model and 
the resulting natural frequencies of MPP for bolted bound-
ary condition are tabulated in Table 1. Optimization was 
carried out for bolted boundary condition and the related 
optimized design parameters of a double-layered MPP 
sound absorber are listed in Table 9. Figure 14 shows the 
sound absorption coefficient curves for the simply sup-
ported panel and bolted panel.

From Fig. 14, it can be seen that the shapes of the sound 
absorption coefficient curves for simply supported and 
24 bolted edge clamping boundary conditions are almost 
similar. This implies that, for a double-layered MPP sound 
absorber, the 24 bolted and simply supported bound-
ary conditions provide an almost similar sound absorp-
tion coefficient performance. This observation was also 
reported in the study of Lee and Lee [40] in which the 
sound absorption coefficient of a MPP sound absorber was 
not significantly affected by two different boundary con-
ditions: (1) two opposite sides simply supported and two 
opposite sides clamped (SCSC), and (2) four sides simply 
supported (SSSS) [40]. In other words, the conventionally 

Fig. 13  Sound absorption coef-
ficients of double-layered MPP 
sound absorber obtained for 
MPPs with different damping 
ratios

Table 9  Optimized design parameters for double-layered MPP sound absorber with different edge clamping boundary conditions

Optimised design parameters Boundary condition ᾱ′ Num of iterations

d1 (mm) D1 (mm) σ1 (%) d2 (mm) D2 (mm) σ2 (%)

0.68739 29.8 0.84 0.17031 29.3 0.59 Simply support 0.8268 4,305

0.78867 29.9 0.97 0.13394 29.9 0.97 Bolted 0.8263 12,962

Fig. 14  Sound absorption coef-
ficients of double-layered MPP 
sound absorber with different 
boundary conditions
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bolted mounting of a MPP on the wall with 24 bolted edge 
clamping boundary condition can be safely modelled as a 
simply supported boundary condition.

4.4  Effect of relaxing the boundary value

It is also interesting to see whether the results of the opti-
mization have achieved saturation value. This effect can 
be monitored by relaxing the boundary values of the con-
straints of the design parameters. In this case the air cavity 
depth parameter of D1 and D2 are further increased to 0.04, 
0.05 and 0.06 m. The optimized output, ᾱ′ (mean sound 
absorption coefficient) and the optimized design parame-
ters for the each value of relaxed boundary condition of the 
air cavity depths are listed in Table 10.

From Table 10 the mean sound absorption coefficient 
of the MPP sound absorber is improving as the upper limit 
of boundary constraint is allowed a larger value however 
there seems to be a saturation of the mean sound absorption 
coefficient of 0.8990.

5  Conclusion

The proposed vibro-acoustic model for the double-layered 
MPP is successfully applied by considering the vibration 
model of the panel. It is the (1, 1) mode which was found to 
dominate the sound absorption performance. The results for the 
MPP sound absorber that were generated by the model were 
found to be in a good agreement with the published results with 
a strong correlation coefficient of 0.86. When the MPP vibra-
tion effect was taken into account during the optimization, 
there was an 8.88–12.52 % improvement in sound absorption 
coefficient for frequencies ranging from 200 to 1,000 Hz.

In this study, it was also observed that the double-layered 
MPP sound absorber yields a wider band sound absorber 
compared with a single layer MPP sound absorber, with 
21.2 % improvement in sound absorption coefficient and 
preferably thinner panel of t = 0.120 mm. The effects of 
both damping ratio and the bolted and simply supported 
boundary conditions were almost negligible.
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d1 (mm) D1 (mm) σ1 (%) d2 (mm) D2 (mm) σ2 (%)

0.79824 20.0 0.66 0.11304 19.7 0.98 0.001 ≤ D1, D2 ≤ 0.02 0.7332

0.68739 29.8 0.84 0.17031 29.3 0.59 0.001 ≤ D1, D2 ≤ 0.03 0.8268

0.51175 39.6 0.92 0.18734 39.6 0.69 0.001 ≤ D1, D2 ≤ 0.04 0.8730

0.46078 45.8 0.95 0.22276 49.4 0.65 0.001 ≤ D1, D2 ≤ 0.05 0.8954

0.35287 51.0 0.99 0.21670 58.1 0.98 0.001 ≤ D1, D2 ≤ 0.06 0.8990

http://dx.doi.org/10.1121/1.423870
http://dx.doi.org/10.1299/jsdd.1.63
http://dx.doi.org/10.1250/ast.26.204
http://dx.doi.org/10.1016/j.apacoust.2009.03.003
http://dx.doi.org/10.1006/jsvi.1998.1977
http://dx.doi.org/10.1016/j.apacoust.2012.05.009
http://dx.doi.org/10.1016/S0003-682X(96)00025-4


760 J Braz. Soc. Mech. Sci. Eng. (2016) 38:745–760

1 3

 15. Frommhold W, Fuchs HV, Sheng S (1994) Acoustic performance 
of membrane absorbers. J Sound Vib 170:621–636. doi:10.1006/j
svi.1994.1091

 16. Cox T, D’Antonio P (2009) Acoustic absorbers and diffusers: the-
ory, design and application. Taylor & Francis Group, New York

 17. Ford RD, McCormick MA (1969) Panel sound absorbers. J 
Sound Vib 10:411–423. doi:10.1016/0022-460X(69)90219-3

 18. Lee YY, Lee EWM, Ng CF (2005) Sound absorption of a finite 
flexible micro-perforated panel backed by an air cavity. J Sound 
Vib 287:227–243. doi:10.1016/j.jsv.2004.11.024

 19. Sakagami K, Yairi M, Morimoto M (2010) Multiple-leaf sound 
absorbers with microperforated panels: an overview. Acoust Aust 
38:76–81

 20. Sakagami K, Nakamori T, Morimoto M, Yairi M (2009) Double-leaf 
microperforated panel space absorbers: A revised theory and detailed 
analysis. Appl Acoust 70:703–709. doi:10.1016/j.apacoust.2008.09.004

 21. Sakagami K, Morimoto M, Koike W (2006) A numerical study 
of double-leaf microperforated panel absorbers. Appl Acoust 
67:609–619. doi:10.1016/j.apacoust.2005.11.001

 22. Miasa IM, Okuma M, Kishimoto G, Nakahara T (2007) An experi-
mental study of a multi-size microperforated panel absorber. J Syst 
Des Dynam 1:331–339. doi:10.1299/jsdd.1.331

 23. Liu J, Herrin DW (2010) Enhancing micro-perforated panel 
attenuation by partitioning the adjoining cavity. Appl Acoust 
71:120–127. doi:10.1016/j.apacoust.2009.07.016

 24. Fuchs H (2001) Alternative fibreless absorbers–new tools and 
materials for noise control and acoustic comfort. Acta Acust 
87:414–422

 25. Venkataraman P (2009) Applied optimization with MATLAB 
programming. Wiley, New York

 26. Haupt RL, Haupt SE (2004) Practical genetic algorithms. Wiley-
Interscience, New York

 27. Zhang XH, Zhang JT (2012) Optimization of aluminum 
foam by simulated annealing. Adv Mat Res 573:1187–1192. 
doi:10.4028/www.scientific.net/AMR.573-574.1187

 28. Chang YC, Yeh LJ, Chiu MC (2005) Optimization of constrained 
composite absorbers using simulated annealing. Appl Acoust 
66:341–352. doi:10.1016/j.apacoust.2004.07.003

 29. Chiu MC (2009) Optimization of equipment allocation and sound-
barriers shape in a multi-noise plant by using simulated annealing. 
Noise Vib Worldw 40:23–35. doi:10.1260/095745609788921857

 30. Mun S, Cho YH (2009) Noise barrier optimization using a 
simulated annealing algorithm. Appl Acoust 70:1094–1098. 
doi:10.1016/j.apacoust.2009.02.004

 31. Chiu MC, Chang YC, Yeh LJ, Lan TS (2007) Optimization of 
perforated double-layer absorbers using simulated annealing. J 
Mar Sci Tech 15:351–359

 32. Ruiz H, Cobo P, Jacobsen F (2011) Optimization of multiple-
layer microperforated panels by simulated annealing. Appl 
Acoust 72:772–776. doi:10.1016/j.apacoust.2011.04.010

 33. Takahashi D, Tanaka M (2002) Flexural vibration of perforated 
plates and porous elastic materials under acoustic loading. J 
Acoust Soc Am 112:1456–1464. doi:10.1121/1.1497624

 34. Tanaka T, Tatsuhiro K, Kazuki T (2010) Vibro-acoustic behavior 
of micro-perforated plate for sound absorption performance. In: 
20th international congress on acoustics (ICA’10), Sydney

 35. Birari YV, Nadgouda MM (2007) Noise reduction of a reciprocat-
ing compressor by adding a resonator in suction path of refriger-
ant. In: 14th international congress on sound vibration, Cairns

 36. Chad N, Himmel PE (2003) Improvement of through wall air 
conditioner transmission loss. In: FAN NOISE 2003 international 
symposium, Senlis

 37. Evansa JB (2009) Reduction of tonal noise in lecture room air 
conditioning supply ducts. In: Inter noise 2009, Ottawa

 38. Sakagami K, Morimoto M, Yairi M (2007) Recent developments 
in applications of microperforated panel absorbers. In: 14th inter-
national congress on sound vibration, Cairns

 39. Abaqus Analysis User’s Manual V6.9 (2009) Dassault Systèmes 
Simulia Corp, Providence

 40. Lee YY, Lee EWM (2007) Widening the sound absorption 
bandwidths of flexible micro-perforated curved absorbers using 
structural and acoustic resonances. Int J Mech Sci 49:925–934. 
doi:10.1016/j.ijmecsci.2007.01.008

 41. Bravo T, Maury C, Pinhede C (2012) Vibroacoustic proper-
ties of thin micro-perforated panel absorbers. J Acoust Soc Am 
132:789–798. doi:10.1121/1.4733555

 42. Zhang X, Wang S, Li H (2011) Sound absorption property of 
multilayered aluminum foam structure. In: 5th international con-
ference on biomed bioinformatics bioengineering (iCBBE’11)

 43. Sakagami K, Morimoto M, Yairi M, Minemura A (2008) A pilot 
study on improving the absorptivity of a thick micro perforated 
panel absorber. Appl Acoust 69:179–182. doi:10.1016/j.apacoust. 
2006.09.008

http://dx.doi.org/10.1006/jsvi.1994.1091
http://dx.doi.org/10.1006/jsvi.1994.1091
http://dx.doi.org/10.1016/0022-460X(69)90219-3
http://dx.doi.org/10.1016/j.jsv.2004.11.024
http://dx.doi.org/10.1016/j.apacoust.2008.09.004
http://dx.doi.org/10.1016/j.apacoust.2005.11.001
http://dx.doi.org/10.1299/jsdd.1.331
http://dx.doi.org/10.1016/j.apacoust.2009.07.016
http://dx.doi.org/10.4028/www.scientific.net/AMR.573-574.1187
http://dx.doi.org/10.1016/j.apacoust.2004.07.003
http://dx.doi.org/10.1260/095745609788921857
http://dx.doi.org/10.1016/j.apacoust.2009.02.004
http://dx.doi.org/10.1016/j.apacoust.2011.04.010
http://dx.doi.org/10.1121/1.1497624
http://dx.doi.org/10.1016/j.ijmecsci.2007.01.008
http://dx.doi.org/10.1121/1.4733555
http://dx.doi.org/10.1016/j.apacoust.2006.09.008
http://dx.doi.org/10.1016/j.apacoust.2006.09.008

	Optimization of double-layered micro-perforated panels with vibro-acoustic effect
	Abstract 
	1 Introduction
	2 Theoretical derivation
	2.1 Micro-perforation effect
	2.2 Acoustical-structural interaction

	3 Methodology
	3.1 Optimization of a single layer MPP
	3.2 Optimization of a double-layered MPP

	4 Results and discussion
	4.1 Model verification
	4.2 Mode shape estimation
	4.3 Double-layered MPP
	4.3.1 Vibration effect
	4.3.2 Configuration of MPP
	4.3.3 Thickness of MPP
	4.3.4 Damping
	4.3.5 Boundary condition

	4.4 Effect of relaxing the boundary value

	5 Conclusion
	Acknowledgments 
	References




