J Braz. Soc. Mech. Sci. Eng. (2015) 37:339-348
DOI 10.1007/s40430-014-0151-1

TECHNICAL PAPER

Vibration reduction in vertical washing machine using a rotating

dynamic absorber

Rafael Onohara Campos * Rodrigo Nicoletti

Received: 22 June 2011/ Accepted: 17 April 2013 /Published online: 1 April 2014

© The Brazilian Society of Mechanical Sciences and Engineering 2014

Abstract Most of the vibration problems in vertical
washing machines occur during the water extraction pro-
cess (spinning stage), when high unbalance forces act on
the system. The unbalance forces result from the combi-
nation of high rotating velocities and the uneven, and
unpredictable, mass distribution of the clothing in the
machine basket. Hence, reducing system response to
unbalance is a way of improving not only the vibration
performance of the washing machine, but also customer
satisfaction. One of the ways of reducing system response
is via dynamic absorbers which work in a passive way, thus
not requiring a control system, but excitation frequency
must be constant and known. In this work, a rotating
vibration absorber is tested for reducing lateral vibration
during the spinning process of an 8-kg capacity washing
machine. The vibration absorber is mounted on the rotating
basket of the machine, whirling at the same velocity of the
basket. A model for the rotating dynamic absorber is pro-
posed and coupled to the model of the washing machine.
Numerical and experimental results are obtained concern-
ing unbalance response in the conditions of the spinning
process. A comparison between the systems with and
without the rotating dynamic absorber shows significant
reduction in the lateral vibration of the machine basket
when the absorber is used. Because the efficiency of
vibration absorbers does not depend on the amplitude of
excitation forces, vibration reduction occurs irrespective of
the unbalance condition.
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List of symbols

a Absolute acceleration vector, m/s®
d Suspension linear damping coefficient, N s/m
d, Damping coefficient of the absorber, N s/m
d, Suspension angular damping coefficient,
N m s/rad
ep Unbalance eccentricity, m
E Young modulus, N/m?
f Force vector, N
ha Angular momentum vector in respect
to A, kg m?/s
i, j, k Unitary vectors of reference frame
1 Area moment of inertia, m*
Ir Lateral mass moment of inertia, kg m”

Ip Polar mass momento of inertia, kg m?

I, Inertia tensor in respect to A, kg m”

m Total mass of the system, kg

m, Mass of the dynamic absorber, kg

mp Unbalance mass, kg

m Moment vector, N m

k Suspension linear stiffness coefficient, N/m
k, Stiffness coefficient of the absorber, N/m

k, Suspension angular stiffness coefficient, N m/rad
L Distance between points A and CG, m

Lp Distance between points A and unbalance, m
r Displacement vector, m

Ty Transformation matrix for reference I to reference
BI

T, Transformation matrix for reference B/ to
reference B2

v Absolute velocity vector, m/s

w Weight vector, N
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X,y Coordinates of point A, m
X4 Yo Coordinates of absorber center of gravity, m

Greek symbols

p Rotation about axis X, rad

Y Rotation about axis Y

¢  Basket whirling velocity, rad/s

w, Natural frequency of the absorber, rad/s

®  Absolute angular velocity vector of the basket, rad/s
Q, Absolute angular velocity of reference B2, rad/s

Subscripts

a Relative to rotating dynamic absorber

A Relative to point A

B Relative to point B

Bl  Relative to first auxiliary reference frame
B2  Relative to second auxiliary reference frame
C Relative to point C

CG Relative to center of gravity

D  Relative to unbalance

1 Relative to inertial reference frame

S Relative to suspension

W Relative to weight

1 Introduction

Rotating machines can be found in a huge variety of pro-
ducts, used in almost every branch of the productive chain
(from raw materials prospecting till final product manu-
facturing). Considering the widespread application of
rotating machines, one can infer their importance in the
productive chain and the economic consequences of their
ill functioning due to excessive rotor lateral vibration.

In this context, investigations on control of rotor lateral
vibrations have been done, focusing on both passive and
active control. Active control requires the design of sensors
and actuators, and the implementation of feedback control
systems. In this case, the machine must be originally
designed to have such sensing and actuating systems,
resulting in a more elaborated and costly project, but with
significant results in vibration reduction. Some examples of
active control in rotating machines are the application of
magnetic bearings [11], hydraulic chamber actuators [2],
geometry compliant bearings [23], active hydrostatic
bearings [20], and active lubricated bearings [15].

The passive control of vibration in rotating machines is
a lower cost alternative compared to the active control. In
this case, vibration control is implemented in open loop
circuit, not needing any sensor or actuator system. The first
step in the passive control of rotor lateral vibrations is
finding the optimum damping reserve of the bearings and
supports [4, 5, 10]. If the damping reserve of bearings and
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supports cannot acceptably reduce rotor lateral vibrations,
one can adopt complementary devices like squeeze-film
dampers [18] or seal dampers [24]. These complementary
devices are designed to increase damping reserve of the
bearings of the rotating machine in a passive way.

The examples of passive control mentioned above are
broad band approaches, because they try to reduce rotor
vibration in a wide range of frequencies. Considering that
many rotating machines operate at narrow frequency ran-
ges, one can apply modal attenuation techniques. Modal
attenuation techniques refer to the design of machines, or
devices to be mounted on the machines, aiming at reducing
to a minimum the machine forced response under specific
excitation frequencies [14, 17]. Hence, this is an alternative
approach to the broad band strategies mentioned above.
The technique tries to locate anti-resonances of the rotor
lateral mode in specific frequency ranges of interest, thus
reducing rotor response. Dynamic vibration absorbers are
an example of such modal attenuation devices.

One can find in literature different ways of using
dynamic vibration absorbers in rotating machines. For
example, if the rotor is mounted on flexible bearings, the
absorber can be fixed on the bearing housings to reduce
rotor lateral vibrations [12]. The absorber can also be
mounted on the rotor, to attenuate rotor lateral vibration or
blade vibration [16]. The difference between both
approaches (absorber mounted on the housing or on the
rotor) is that, in the latter, the absorber whirls together with
the rotor, which gives advantages such as the possibility to
observe and control parametric vibration [19].

Concerning rotating dynamic absorbers mounted on the
rotor, centrifugal pendulum absorbers [7, 22] and ball
balancers [1, 13] are proposed to control rotor torsion
vibration. In order to control rotor lateral vibration, one can
rely on hydraulic balancers [3, 21] and on ring absorbers
[6]. Due to their simplicity and low cost, hydraulic bal-
ancers, more specifically Leblanc balancers, are commonly
adopted in vertical axis washing machines to reduce lateral
vibration of the rotor during centrifugation (water extrac-
tion process). However, due to its working principle, the
Leblanc balancers can only partially reduce lateral
vibration.

In this work, a rotating ring dynamic absorber of
simple geometry is mounted on the basket of a vertical
axis washing machine. The idea is that the absorber work
at the rotating frequency of the basket during the water
extraction process (spinning stage or centrifugation). The
unbalance forces in spinning stage result from the com-
bination of high rotating velocities and the uneven, and
unpredictable, mass distribution of the clothing in the
machine basket. Hence, considering that the efficiency of
vibration absorbers does not depend on the amplitude of
excitation forces, vibration reduction can occur
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Fig. 1 Vertical washing machine in study [9]

irrespective of the unbalance condition, in theory. By
tuning the absorber in the rotating frequency of the
spinning stage, one expects that vibration energy of the
basket be transferred to the absorber. Less vibration
energy in the basket means less dynamic loading in the
mounts, resulting in less overall noise and vibration of
the washing machine structure.

2 The vertical washing machine with dynamic absorber

The washing machine in study is shown in Fig. 1. It is a
vertical axis washing machine of 8 kg capacity, com-
posed of a tank supported by four suspension rods.
Beneath the tank is mounted the electric motor that
impels the whirling basket inside the tank. The system
(tank + motor + basket) is free to translate and rotate
around the attachment points of the suspension (lower
part of the tank), i.e. there are no restrictions in the
upper part of the tank/basket.

The proposed rotating ring dynamic absorber is mounted
on the basket of the machine, in order to whirl at the same
velocity of the basket (Fig. 2). It is composed of inertial
mass and elastic elements connecting the mass to the top of
the basket. The inertial mass (steel ring) weighs approxi-
mately 5 kg and the elastic elements are eight steel rods, of
2.5 mm diameter. The rods are bolted to the top of the
basket, whereas the inertial mass is bolted to the rods
(Fig. 2). Hence, the elastic elements limit the degrees-of-
freedom of the absorber to translational degrees-of-free-
dom with respect to the basket.

Fig. 2 Rotating dynamic absorber mounted on the top of the basket
of the washing machine

3 Experimental setup

The vibration performance of the washing machine is
analyzed by acceleration measurements during the spin-
ning stage. These acceleration measurements are done at
four distinct points of the machine: two points in orthog-
onal directions in the bottom plane of the machine, and two
points in orthogonal directions in the upper plane of the
machine (Fig. 3). Piezo accelerometers are mounted at the
measurement points, in the tank of the machine. Previous
experimental results, presented by loriatti [9], at the same
points in a similar machine showed that the tank is rigid
enough to perform the analysis: no distinguishable com-
ponents were found at higher frequencies in the waterfall
diagram of the system (except a strong 1 x 2 component
in the measurement signals). This is evidence that higher

upper point (X) = oot ()
p e upper

bottom point (X)

Fig. 3 Measurement points in the washing machine
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Fig. 4 Unbalance load mounted in the inner surface of the basket

natural frequencies of the structure are not significantly
excited by the unbalance.

The signals are acquired by an NI USB 6009 acquisition
board, at a sample rate of 1 kHz and acquisition period of
3 s, and filtered at 300 Hz cut-off frequency. Two different
loading conditions are tested: 250 g unbalance, and 500 g
unbalance. The unbalance loads are imposed by masses of
250 and 500 g, mounted in the inner surface of the basket,
as shown in Fig. 4. The measurements are done after
reaching the steady-state operation of the machine during
the spinning stage (centrifugation process). The orbits of
the basket in the measurement planes are obtained by
numerically integrating the acceleration data in time.

4 Mathematical modeling of the vertical washing
machine

The system tank + motor + basket is modeled by rigid
body dynamics. In order to represent the translations and
rotations of the system, one adopts the reference frames
shown in Fig. 5. The inertial reference frame I (XYZ) has
origin in O, which is the center of the machine in the plane
of the suspension attachments in the lower part of the tank.
A first auxiliary reference frame B/ (X,Y;Z;) has origin in
point A (center of the tank in the plane of the suspension
attachments) and presents a translation in plane XY and a
rotation f§ around axis X of the inertial frame. A second
auxiliary reference frame B2 (X,Y»Z,), with origin in point
A, is attached to the tank, following its movements, and
presents a rotation y around axis Y; of reference frame BI.
The whirling velocity of the basket is represented by an
angular velocity qﬁ in Z, axis, and the center of gravity lies
in the same axis Z,.

The system is subjected to its weight, the restoring
forces and moments of the suspension, and the dynamic
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Fig. 5 Reference frames and rotations adopted in the mathematical
modeling of the vertical washing machine

forces of the unbalance (clothing in the basket). Hence, one
can write the conservation laws as follows:

macg = W+ s+ [fp (1)

a(B2hA) + Qo Xpha = prcg/a X pW + pmg
+ p2rp X pofp (2)
where gohy = poly po @ + Mpareg/a X p2vVa-

Considering that the displacement vectors can be
defined as:

ra = xi+yj (3)
ire/a = TRT) prce)/a (4)

where B2rCG/A = Lk,, the absolute acceleration vector of
the system center of gravity, described in the inertial frame,
is given by:

d’ d’
1acG = a2 (1irc) = a2 (II‘A + II'CG/A) (5)
The forces acting on the system are:
W = —mgk (6)
fs = —kra —dva (7)
ifp = TyT] pofpy (8)
where

p2fp = Fpiy + Fpyj, = mDeDd}2 (cos (ﬁtiz + sin <]5tj2>.
Hence, Eq. (1) results in the following equations of
motion:
mx + mLjcosy = mLj* siny — kx 4 Fp, cos
my — mLf cos fcosy + mLjsin fsiny =
—mLf? sin ff cos y — 2mLf}j cos fsin y
—mLy? sin fcosy — ky + Fp, cos f + Fp, sin fsiny

©)
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The inertia tensor 14 is represented in reference frame
B2, which is aligned to the principal axes of inertia of the
system. Hence, the inertia tensor is diagonal and time
independent.

The absolute angular velocity vectors of the auxiliary
reference frame B2 and of the system are, respectively:

52 =T, 5+ gy (10)
20 =T, ;B + py+ mé (11)

where g1 = fi1, p2j = i, and 2 = ko.

The restoring moment of the suspension is given by:
pmg =T, Tg mg (12)
where Iy, = — gk,ﬁ +d,B)i— (kiy cos f + d,y cos p)j.

Hence, Eq. (2) results in the following equations of
motion:

Irfcosy —mLjcos f = (2 — Ip) By siny
— mLyB sin ffcos®y — 1p<f>33 + mLxﬁ siny cos y
+ mgLsin f§ — k;fcosy — kyysin fcos fsiny
—d,fcosy — d,jsin fcos fsiny — LpFpy,

I7y + mLX cosy + mLy sin f siny = mLxy siny
— mLyysin fcosy + (Ip — IT)B2 siny cos y
+ Ipdf cos y + mgLcos ffsiny + k,y cos® f
—dyjcos® p+ LpFp,

(13)

Equations (9) and (13) are the non-linear equations of
motion of the vertical axis washing machine. These equa-
tions can be rearranged in matrix form:

A(B,1)8 = 8(5.5.9, Fou, Fiy ), (14)

where s = {xyf7}" and upper dots refer to time deriva-
tives. From Eq. (14), one can numerically integrate the
non-linear equations of motion, by knowing the initial
conditions sy and S.

5 Mathematical modeling of the rotating dynamic
absorber

The same reference frames can be used to derive the
equations of motion of the rotating dynamic absorber. The
absorber center of gravity CGa can present relative dis-
placements to the basket in the plane X,Y, (translation)
around point C, as shown in Fig. 6. The movement plane of
the absorber (around point C) is not the same as that of the
top of the basket (point B) because of the length of the
elastic elements. Because the absorber is attached to the

Fig. 6 Reference frames and rotations adopted in the mathematical
modeling of the rotating dynamic absorber

basket, rotations are the same as those presented by the
basket.

The absorber is subjected to its weight and the restoring
forces of the elastic elements. Thus, one can write the
conservation law as follows:

Mg B2AcGa = B2Wa + pof (15)

By assuming that the moments of inertia of the dynamic
absorber are much smaller than those of the machine
(tank + motor + basket), the conservation law of the
absorber angular momentum is not considered in this analysis.

The displacement vector of the absorber center of
gravity can be defined as:

B2rcca = T Tprra + pa¥eja + B2Tcca/c (16)

where pore/q = Lek and porega/c = Xal2 + Yajo-

The absolute velocity and absolute acceleration vectors
of the absorber center of gravity, described in the auxiliary
frame B2, are given by:

B2VCGa = o (B2rcGa) + B2 X BoFcGa (17)
d
B2ACGa = (B2VcGa) + 8292 X B2VCGa (18)
The forces acting on the system are:
W, = T,Ts ppw, (19)
pofa = —ka pa¥ccajc — da B2VeGa/c (20)
where ;w, = —m,gk.

Hence, Eq. (15) results in the following equations of
motion:

@ Springer



344

J Braz. Soc. Mech. Sci. Eng. (2015) 37:339-348

MgX cos y + mgy sin fsiny + myX, + myLgy
— mayafisiny = myyj(7 - B) sin psiny
+ myx, (7}2 + [ sin? y) — mgLeff? siny cos y — kaxq
+ 2mayaﬁ siny — d,x, + myg cos fsiny
May cos B+ max,fsiny — meLyf cosy + mgy, =
— 2maxa/?)} cosy + mayB (/3 — 33) sin ffsiny cos y

- Zmaﬂ(xa + LC?) siny + maYaB2 — KaYa
- da)}a — mug sin ﬁ

(1)

Equation (21) is the non-linear equation of motion of the
rotating dynamic absorber mounted on the top of the
washing machine basket.

6 Global mathematical model

The global model of the system (washing machi-
ne + absorber) can be achieved by rewriting the conser-
vative laws of the machine. Hence, one has:

macg = W+ [fs+ (£p — £, (22)

where £, = T;;T}T pof,, and:

a(BZhA) + 522 X pha = pareg/a X pW + gy

+ mrp X pofp + parp)a
x (= pofa)

(23)

The difference between Eqgs. (1) and (2) and Egs. (22)
and (23) lies on the terms related to the restoring forces
of the elastic elements between the absorber and the
basket.

Hence, by adding the terms related to the restoring
forces of the absorber elastic elements to the equations of
motions (9) and (13), and considering the equations of
motion of the rotating dynamic absorber (Eq. 21), one
arrives to a system of non-linear equations of motion. This
system of non-linear equations of motion can be rearranged
in matrix form, as follows:

B(ﬁ, vaa,Ya)ﬁ = P(“, liv (];),FDX,FDy> (24)

where u = {xyfyx, ya}T and upper dots refer to time
derivatives. From Eq. (24), one can numerically integrate
the non-linear equations of motion, by knowing the initial
conditions uy and uy.
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Table 1 Parameter values of the vertical washing machine

m = 30 kg k = 2,100 N/m mp = 250/500 g
Ip = 0.632 kg m* k, = 100 N m/rad Lp=0.15m

Ir = 3.658 kg m> d =60 N s/m ep =023 m

L = -0.007 m d; = 10 N m s/rad ¢ = 13Hz

Ly =046 m

7 Unbalance response of the system with mistuned
absorber

The vertical washing machine in study has parameters
whose values are listed in Table 1. At the spinning stage
(centrifugation process), the basket whirls at a rotating
frequency of 13 Hz. In order to investigate the behavior of
the whirling basket, one will focus on the displacements of
the basket extremities, i.e. the bottom and the upper
extremities of the basket (points A and B of the mathe-
matical modeling and measuring points).

Considering that the rotating dynamic absorber intro-
duces a mass of 5 kg in the system, the machine in the
original condition (without the absorber) would be unloa-
ded by 5 kg. This situation would lead to biased results,
and it would not be possible to compare the results to those
obtained in the machine with the absorber (system plus
5 kg). Hence, in order to be possible to compare results
from the system in the original configuration with those
from the system with the absorber, the original system was
tested with a mistuned absorber in place. In this case, the
ring of the absorber was mounted as close as possible to the

Fig. 7 Mistuned absorber mounted on the washing machine (addition
of 5 kg mass in the system)
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Fig. 8 Comparison between numerical and experimental results of
the orbits of the system with mistuned absorber: a 250 g unbalance,
b 500 g unbalance. continuous line point A (num.), circles point A
(exp.), dashed line point B (num.), squares point B (exp.)

top of the basket (Fig. 7), thus leading to a natural fre-
quency of the absorber much higher than 13 Hz (rotating
frequency at the spinning stage). As a result, the mass of
5 kg is introduced in the system, but the absorber does not
work because the rods are too stiff.

In this case, one can adopt the equations of motion (14),
resultant from Eqs. (9) and (13). The integration of the
equations of motion is performed by an explicit fourth
order Runge—Kutta algorithm (command ode45 of MAT-
LAB software). The system is integrated under operational
conditions, subjected to unbalance loads of 250 and 500 g,
whose results are presented in Fig. 8a, b in comparison to
experimental results.

As one can see in Fig. 8a, b, good agreement to
experimental results is achieved with the proposed model,

€ 1000 (a) i :
g e

£

£ 100} :
(0] S e e e mdmmmmcmemmcmcmme e m e e ]
[}

C

g 10 3
(2}

(0]

A ‘ . ‘ . ‘ ,

&~ 180 —— —

~  got(b) :

S -90 L

o

05 10 15 20 25 30 35
Rotating Frequency (Hz)

Fig. 9 Unbalance response of the system with mistuned absorber:
a response per unbalance unit, b phase. continuous line point A,
dashed line point B

in both tested conditions of unbalance. In both cases, the
orbit of the bottom plane of the basket (dashed line) pre-
sents a lower radius than that of the upper plane of the
basket (solid line), which is an indication that the basket is
presenting a conical whirling mode (inverse cone). Some
small deviations between numerical and experimental
results are noted in Y direction probably caused by the
orthotropy of the suspension stiffness (different torsion
stiffness in X and Y directions).

Based on the mathematical model, one can obtain the
unbalance response function of the system, shown in
Fig. 9. As one can see, the system with mistuned absorber
has a critical frequency of 1.4 Hz (Fig. 9a), and it whirls in
opposition of phase to the unbalance force at the opera-
tional frequency of 13 Hz (Fig. 9b). This behavior is
coherent to that of most vertical axis washing machines,
where the centrifugation process occurs much above the
natural frequency of the system.

8 Unbalance response of the system with working
absorber

In the spinning stage, the basket whirls at a rotating fre-
quency of 13 Hz. Hence, the dynamic absorber must have
its natural frequency near 13 Hz in order to efficiently
work. In this case, theoretically, the equivalent stiffness of
the absorber must be:

ks = mua? = 33,359.3N/m (25)

which represents a stiffness of 4,169.9 N/m for each rod,
considering eight rods in the absorber and an inertial mass
of 5 kg. From the theory of Mechanics of Materials [8], a
clamped—clamped slender beam (Euler—Bernoulli beam)
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Fig. 10 Collapsed absorber with 105 mm length rods

subjected to motion in one of its extremities has an
equivalent stiffness coefficient of:

12E1
73

Hence, considering a stiffness of 4,169.9 N/m, each rod
of the absorber must have a length of ¢ = /[3]12EI /k,, =
105 mm (distance between the ring and the basket top). In
theory, this is the length of the rods that tunes the absorber
with the rotating frequency of the machine. In this case,
during steady-state operation, one expects a reduction of
vibration amplitude of the machine basket and energy be
transferred to the absorber.

By testing the washing machine with the absorber with
105 mm rods, energy has been actually transferred to the
absorber in such an extent that the dynamic stress in the
rods reached the yield limit of strength of the material
(Fig. 10). In this case, structural damping was too low to
dissipate the vibration energy in the absorber, thus leading
the system to present high vibration amplitudes and, as a
result, to collapse even before reaching steady-state
operation.

For this reason, the system was tested with 95-mm
length rods, a slightly mistuned condition of the absorber.
In this case, according to Eq. (26), each rod has an
equivalent stiffness of 5,635.8 N/m, resulting in a global
stiffness of the absorber of 45,086.8 N/m (w, = 15.1 Hz).
The integration of the equations of motion (24) is, again,
performed by an explicit fourth order Runge—Kutta algo-
rithm (command ode45 of MatLab software). The system is
integrated under operational conditions, subjected to
unbalance loads of 250 and 500 g. The parameters of the

keq = (26)
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Table 2 Parameter values of the vertical washing machine with
absorber

m = 25 kg k = 2,100 N/m m, =5 kg

Ip = 0.632 kg m? k, = 100 N m/rad Lc=0.56 m

I = 3.658 kg m* d =60 N s/m k, = 45,086.8 N/m
L=-0.101 m d; = 10 N m s/rad d, = 10 N s/m

Lp =046 m

Y (mm)

__8 1 1 1 | 1
-8 -6 -4 -2 0 2 4 6 8

X (mm)

Fig. 11 Comparison between numerical and experimental results of
the orbits of the system with 95-mm rod absorber: a 250 g unbalance,
b 500 g unbalance. continuous line point A (num.), circles point A
(exp.), dashed line point B (num.), squares point B (exp.)

system with absorber are listed in Table 2, where differ-
ences in the values of mass (m) and location of center of
gravity (L) are due to the fact that the basket and the
absorber are treated as individual bodies in the mathe-
matical modeling. The numerical results are presented in
Fig. 11a, b in comparison to the experimental results.
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Fig. 12 Unbalance response of the system with absorber: a response
per unbalance unit, b phase. continuous line point A, dashed line
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As one can see in Fig. 11, a significant reduction of orbit
amplitude is achieved with the absorber, especially in the
upper plane of the basket, in comparison to results obtained
with mistuned absorber (Fig. 8). In the upper plane, up to
69 % reduction in orbit amplitude is achieved for 250 g
unbalance, and 57 % reduction for 500 g unbalance. In the
bottom plane of the basket, 22 and 13 % reductions of orbit
amplitude for 250 and 500 g unbalances, respectively, are
observed. In addition, the orbits in the bottom plane have
higher amplitudes than those of the upper plane, showing a
change of the basket whirling mode. Based on the orbits, in
the case of the mistuned absorber, the system presented an
inverse cone whirling mode, whereas, in the case of the
95 mm rod absorber, the system presented an upside cone
whirling mode.

Some discrepancies between numerical and experi-
mental results are noted in Fig. 11. The orbits in the bottom
and upper planes obtained with the model are very similar
to each other, showing a whirling mode of more cylindrical
nature than that observed in experimentation. This can be
explained by looking at the unbalance response function of
the system (Fig. 12), obtained numerically. One can see in
Fig. 12a that the cylindrical whirling mode (equal
responses in the upper and bottom planes) occurs for fre-
quency ratios ((]5 /®,) around 0.81, which is the case of an
absorber with 95 mm rods (w, = 15.1 Hz = q’)/wa
= 0.86). Considering that, in the experimental results, the
orbit in the upper plane is clearly smaller than that of the
bottom plane, one can infer that the actual natural fre-
quency of the absorber lies between 15.1 and 13 Hz (fre-
quency ratios between 0.86 and 1.0 in Fig. 12).

In fact, the rods are not perfectly clamped on the top of
the basket. The top of the basket is made of plastic

material, and it has its own equivalent stiffness which is not
high enough to allow a perfect clamping of the rods. As a
consequence, it is reasonable to believe that the natural
frequency of the absorber in the experiments is smaller
than that predicted by theory. Consequently, this would
result in a higher frequency ratio for the system.

In theory, according to Fig. 12a, a perfectly tuned
absorber (d)/wa = 1.0) in the washing machine would
result in very small orbit amplitudes in the upper plane of
the basket (anti-resonance location), but not as small orbit
amplitudes in the bottom plane. The anti-resonance in the

bottom of the basket only occurs at q,’) /®, = 1.12, when the
orbit amplitude in the upper plane has already increased. In
order to have minimum orbit amplitudes in both planes of
the basket (bottom and upper), a trade-off solution can be
found between 1.0 and 1.12 frequency ratios
(11.6 < w, < 13 Hz). But, in this frequency range, the
bottom and the top of the basket would whirl in opposition
of phase, as evidenced by phase information (Fig. 12b),
representing another different whirling mode (bi-conical
mode).

The first resonance of the system, due to the washing

machine suspension, remains at 1.4 Hz (43/604 =0.1). A

second resonance appears in the system at 16.1 Hz (qé Jw,=
1.24), due to the presence of the absorber. Near the basket
anti-resonances, the unbalance response of the absorber
increases with increasing frequency ratio (74.2, 115.2, and
210.7 mm/kg m for (j-b/a)t, = 0.86, 1.0, and 1.12, respec-
tively). That means, the higher the frequency ratio is, the
higher the orbit amplitude and stress on the rods are.
Depending on the natural frequency of the absorber, one
has to assure that loading stress in the absorber rods does
not reach material yield limit of strength, as occurred in the
case of study for the frequency ratio of 1.0. This could be
achieved by changing the geometry of the elastic elements
or by introducing more damping into the absorber system.

9 Conclusion

The application of a rotating ring dynamic absorber to a
vertical axis washing machine is focused in this work.
Although the studied absorber was not perfectly tuned to
the rotating frequency of the machine, significant vibration
reduction of the machine basket was numerically and
experimentally observed. Based on the unbalance response
of the system, obtained numerically, one can infer that
further reduction of vibration amplitude is possible with
better tuned absorbers. In this case, better tuned absorbers
would have more impact in the upper plane of the basket,
where the absorber is mounted, although vibration reduc-
tion in the bottom plane is also expected.
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Care must be taken regarding system damping. In the
case of this study, low damping in the absorber system
prevented the investigation of a better tuned absorber. The
vibration amplitude of the tuned absorber was high enough
to cause stress in the rods (elastic elements), reaching their
material yield limit of strength. As a consequence, the
absorber system collapsed, and a slightly mistuned absor-
ber had to be used. Considering the application in com-
mercial washing machines, it is clear that the design of the
absorber must be improved regarding geometry of the
elastic elements and damping of the system. The concept,
however, has been proven by the obtained results.

The mathematical model of the system presented good
agreement with experimental results, especially in the case
of the system with mistuned absorber. In the case of the
absorber with 95 mm rods, the model predicted a larger
effect of the absorber, concerning vibration reduction, than
it really occurred experimentally. Part of this discrepancy
can be credited to the assumption of perfect clamping of
the rods on the top of the basket, which seems to be weak
in face of the obtained results.
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