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Abstract

Gas turbine power generation is relatively minor in terms of pollutant emissions, such as nitrogen oxides or sulfur oxides, as
compared to thermal power generation using coal or petroleum. This is because of the use of liquefied natural gas, known
as an eco-friendly power generation solution. Large gas turbines used for power generation are suitable for the power load
demanded by modern society, which fluctuates very much with respect to power consumption because it takes only about
10-20 min to reach the entire output from the start-up. A large gas turbine used for power generation is a rotating machine that
features a high degree of difficulty in mechanical design due to its fast start-up characteristics, structural complexity, and high
operating temperature, while also emphasizing stability. Customers are demanding operational reliability as a prerequisite
before evaluating the performance of a gas turbine. It is very important to design and verify the rotor dynamics sufficiently
and accurately from the design stage prior to fabrication in light of that it is very difficult to change the rotor dynamics
characteristics once the design is completed and finished. Many researchers are trying to improve the design completeness,
but the researches that actually design and verify the power generation gas turbine are limited only to a few manufacturers
with the original technology, so there is little verification of actual gas turbine. In this paper, rotor dynamics analysis and
verification of a 270 MW class DGT-300H gas turbine rotor newly developed by DHI. To verify the center tie-rod type rotor
design of a large gas turbine for power generation, which was conceptually designed using in-house design tools, a 1/5 scaled
model was designed by applying the dynamic scaling law. In order to verify the suitability of the applied tie-rod design, the
characteristics of the variation of the natural frequency with the variation of the pre-tightening force were tested in order to
confirm the dynamic proper pre-tightening force. The design of the scaled model rotor was created, the model was designed
and fabricated, and the natural frequencies were analyzed and tested to confirm the validity of the design method and the
suitability of the analysis results. After the design of the large gas turbine rotor for 270 MW class power generation, the
natural frequencies of the rotor before the blade installation were analyzed and the suitability of the design was verified by
implementing a vibration test of the rotor before blade installation.

Keywords Large gas turbine rotor - Center-tied rotor - Hirth coupling - Verification of gas turbine rotordynamics - Pre-
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Recently, the use of renewable energy sources found in
wind and photovoltaic power have increased very rapidly
in response to the demand for global eco-friendly power
generation. Although such wind and solar power genera-
tion systems do not use fossil fuels nor generate pollutants,
they have a limit of intermittency because the electric power
produced depends on nature (wind, sun) [2—10].

For this reason, renewable power generation should use
an energy storage system to compensate for fluctuations in
output. However, except for small-scale power generation,
most renewable power generation systems tend to be con-
structed in large-scale complexes to improve the usability
of the installation sites and the efficiency of maintenance.
Since the output fluctuation of a large-scale renewable power
generation system is very big, it is difficult to cope with a
general energy storage system such as a battery. Therefore,
a large-capacity energy backup system that compensates
for output volatility is inevitably required for a large-scale
renewable power generation. Gas turbine power generation
is also increasing in value as a large-capacity energy backup
system [2, 7, 8].

The large gas turbine used for power generation is a
rotating machine that requires a high degree of difficulty
in mechanical design due to its fast start-up characteristics,
structural complexity, and high operating temperature, as it
emphasizes stability [9, 10].

In fact, despite the progress of many design and manufac-
turing technologies, power generation turbines are causing
many problems during operation. Most of the major prob-
lems that arise are design-related, with more than half of the
high-speed rotating machines experiencing a high vibration
during the critical speed at which they operate. However,
with these large high-speed rotating machines, unscheduled
facility shutdowns occur due to the vibration of the rotor-
bearing system which account for more than 50% of the
total number of high-speed rotating machine accidents. A lot
of time is required to solve the problem (sometimes taking
more than 100 weeks) [11, 12].

Gas turbines for large-scale power generation have a
very complicated structure, such as a flexible hollow shaft,
a conical rotating structure, and a thin plate-shaped casing

Compressor side

to realize the advantages of being lightweight and highly
efficient, reliable, durable, and safe. This means that the
system can reach the rated operating speed only when it
passes several critical speeds. Therefore, it is necessary
to predict and design precise dynamic behavior through
rotor dynamics analysis to ensure reliability and stability.
Hence, the rotor dynamics and structural dynamics designs
of the gas turbine are what make it successful [13, 14].

Also, users require operational reliability (stability) as
a precondition before evaluating the performance (effi-
ciency) and price of the gas turbine. After the design is
completed and the fabrication is finished, it is very difficult
to make big changes to the rotor-dynamic characteristics.
Therefore, it is very important to design and verify the
rotor-dynamic characteristics sufficiently and accurately
starting at the design stage before they are manufactured.

For precise rotor dynamic analysis, calculation of
accuracy should be increased, and the following should
be checked: rotor element partition, taper and step mod-
eling, mass concentration, stiffness effect on the disk and
coupling, the variation of material properties in regard to
temperature, dynamic characteristics of bearing, and stiff-
ness effect on the bearing support structure.

To secure the stability of operation, accurate predic-
tion of the critical speed is very important in the separa-
tion margin design, and it is important to ensure the con-
sistency between the analysis results and the test results.
Many researchers are working to improve the design of
gas turbines, but the researches that design and verify gas
turbines for power generation are limited by manufacturers
with some of the original technologies, so there are few
verification results for actual gas turbines.

In this paper, we have designed a scaled model of a
rotor, which is conceptually designed for the verification
of the rotor dynamic analysis method of the DGT-300H
gas turbine rotor (Fig. 1) which is under development at
DHI, by applying the dynamic scaling law. The results
were verified through an impact test. Based on these
results, the rotor design of the gas turbine being devel-
oped is completed, and the rotor dynamic design of the
manufactured rotor is verified by the impact test.

Turbine side Hirth

Central

Fig.1 Cutaway view of DGT-300H gas turbine rotor
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2 Design of Rotor
2.1 Background

The turbine rotor is composed of a rotating shaft, a rotat-
ing disk, and a rotating blade, and has a complicated struc-
ture in which a coupling relationship is considered in each
of these characteristics. To satisfy the high power output
condition, it is necessary to accommodate a large amount
of flow at high rotational speed, which is disadvantageous
in terms of dynamic stability compared to other rotating
machines of similar size [14]. Therefore, it is necessary
to perform rotordynamic analysis on the rotor from the
initial stage of design, to predict the vibration response
at the critical speed and the operation speed at which the
resonance occurs, and to determine the stability.

There are three main ways to complete the entire rotor
assembly, such as the compressor of a gas turbine or each
stage disc of a turbine [15].

(1) Welded elastic bridges,
(2) Sliding Hirth serrations with a central tie bolt,
(3) Tight fits with multiple mid-span tie bolts

The large gas turbines include sliding Hirth serrations
with a central tie bolt system, an original equipment manu-
facturer in Europe of Siemens, and tight fits with multiple
mid-span tie bolts system, an original equipment manufac-
turer GE of U.S. and an original equipment manufacturer
MHPS of Japan.

Generally, assembled rotors should be designed so that
the concentricity and parallelism in the joint coupling are
kept within a few microns to avoid vibration. The joint
coupling increases the coupling diameter to provide the
required bending stiffness and strength. The mechanical
coupling should generally not cause any slippage in the
joint or make the slip very uniform along the circumfer-
ential direction as in the case of radial serration like Hirth.
This means the friction coefficient should be consistent
and low. The temperature of bolts and disks, elasticity in
a joint coupling should be adjusted to maintain pre-tension
in all situations [15, 16].

The Hirth coupling method used for inter-disc cou-
pling increases the torque transfer capability significantly
compared to the plane coupling, and especially when an
impact torque due to a generator fault occurs. Also, it
is easy to form an internal cooling path through a gap
between gears, and thermal load in a transient state due to
rapid heat transfer of the disk is reduced It is effective [16,
17]. Hirth coupling has a self-centering function and has a
radial degree of freedom, which is advantageous in reliev-
ing stress due to thermal expansion. Since the center tie

is not a torque transfer by face to face friction, it is known
that the level of tie rod pre-stress does not need to exceed
50% of the yield stress. The method using the center tie
rod is advantageous in that the assembly process is simple
since it is assembled with one rod and the cyclic load due
to static deflection is small [16].

The subject of study in this paper is center tie-rod built-up
gas turbine rotor (Fig. 1) adopted by DGT-300H developed
by DHI (Doosan Heavy Industries). The basic structure of
the DGT-300H rotor, which is the subject of the study, con-
sists of a compressor with 13 stages and a turbine with 4
stages, and CUD (Central Unblade Disk) consists of three
stages. These compressor disks, torque disks, and turbine
disks are shown in Fig. 1, all are connected by Hirth Cou-
pling. The center tie-rod has a structure that is connected
to the center of the disk from the compressor to the turbine
at one time and supports the disk and the tie-rod in contact
with the disk by placing a damper in the middle.

2.2 Design of Rotor

Figure 2 shows the shape of the Hirth coupling, which is the
inter-disc coupling structure of the rotor to be analyzed [17].
The design of the center tie-rod built-up GT rotor with this
coupling determines the pre-tightening force of the tie-rod
to maintain the integrity of the gas turbine rotor, and the
dimension of the tie-rod. Then, the equivalent stiffness diam-
eter is selected by performing the bending stiffness analysis
of the joint coupling based on the designed shape of the
contact area, and the rotor dynamic analysis is performed
based on the equivalent stiffness diameter [18].

F;=T/R, (1)

F, = Fytan(f - p) @

where T external torque, F; total tangential force, F, total
axial force, f tooth angle, R,, mean radius of the tooth
(R+R,)/2, p angle of friction

op=F,/A 3
= 4F, /n(D* - &) )
o = T(tan f — p)
"= R, A+ ptan f) “
___3MmD
L o) )

where op nominal equivalent pre-tightening stress, o sepa-
rating stress due to torque, o separating stress due to bend-
ing, A, effective tooth contact area, y friction coefficient
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Shape of disk applied to gas turbine

Fig.2 Shape of GT disk with hirth serration

tan p, A nominal contact area, M bending moment, D outer
diameter of the teeth, d inner diameter of the teeth

YB= = (6)
YT = . @)

where y; non-dimensional bending stiffness coefficient, y,
non-dimensional torsional stiffness coefficient.

The rotor must maintain its integrity by the bending
moment due to the weight of the rotor and the bending
moment due to blade loss. Therefore, the pre-tightening
force is determined so that the non-dimensional bending
stiffness coefficient y, is smaller than 1. In particular,
when the bending moment is due to the rotor weight, it
is recommended that the non-dimensional bending stiff-
ness coefficient be designed to be around 0.1. The pre-
tightening force is determined so that the non-dimensional
torsional stiffness coefficient y; is less than 1.0 to maintain
the integrity even under the rated torque condition and
maintain the integrity under the transient torque conditions
of the generator fault condition.

2.2.1 Pre-tightening Force Determination
The pre-tightening force of the tie-rod bolt, which deter-

mines the integrity of the gas turbine rotor, is determined
by the following three criteria: [16]

@ Springer KE;E
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(1) Criterion considering bending moment. The pre-tight-
ening force of the tie-rod bolt is determined to endure
separating moment of bearing-supported rotor weight.
It is significantly applied when one of the blades is
lost while operation, especially one of the fourth-stage
blades of a turbine or one of the first-stage blades of
compressor [19].

(2) Criterion considering transmission torque. Integrity
should be maintained while disk in operation with max-
imum torque, considering. Moreover, integrity should
be maintained even in the condition of impact torque
occurring, such as generator fault.

(3) Criterion considering natural frequency. Integrity
should be verified with natural frequency convergence
condition according to the pre-tightening force. Mainly
can be found in the modal test of the rotor.

2.2.2 Stress Criterion for Tie-Rod Structural Design

In general, the pre-tightening stress due to the pre-tightening
force on the designed tie rod is assembled to 50% of the
yield stress which is 0.2% tensile condition of rod length
(directional strain 0.2%). Normally, the stress is changed to
45-60% of the yield stress in the start-up period, and when
the steady-state operation is reached, 50% of the yield stress
is maintained (Fig. 3) [16]. Therefore, it should be operated
while maintaining the stress within the yield stress range
at the centrifugal force and temperature conditions in the
start-up period.
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Table 1 Parameters of tie bolt Gas turbine GE9FA M701F V4.3 DGT-300H
rotor of gas turbine
Rotor weight (tons) 78 89 69
Power (MW) 255 240 273 270
No. of tie-bolts (EA) 15 (multi) 12 (multi) 1 (single) 1 (single)
Material NiCrMoV IN718 26Cr2MoV115 26NiCrMoV 145
Yield stress (MPa) 710 1124 822 835
Pre-tightening force (N) 2.36x 10° 2.73% 10° 2.45% 107 2.56x 107
Pre-stress/yield stress 0.5 0.533 0.484 0.52
Tie-bolt diameter (mm) 92 76.2 280 280
vg (05/0p) 0.09 0.11 0.10 0.13
yr (64/6p) 0.48 0.42 0.76 0.84
Fig.3 Mechanical and thermal O/Cys. [%]
load cycle of a rotor tie-rod [16] . T Gas turbine trip
Normal load cycle
701 ~65 %
L

301
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Table 1 compares the design parameters of major manu-
facturers. As expected, the ratio of pre-tightening stress/
yield stress is 50%, yg is 0.1 and y; is 0.8 (center tie-rod
yr 1s 0.80, multi tie-rod y; is 0.46). DHI's DGT-300H is
similarly designed with y; 0.13 and y; 0.84, which are not
significantly different from those of other manufacturers.

3 Analysis and Experiment of Scaled Rotor
3.1 Scaled Model Rotor Design

To verify the dynamics design of the DGT-300H rotor, a
one-fifth size model rotor is designed. The reason for using
the scaled model is to find the representation of the scaling
factor and law for static, dynamic similitude between full-
size system and scaled model, and to expect physical char-
acteristics (e.g., natural frequency, displacement, velocity,
force) of the full-size system [13].

The rotor system of the turbine is shown in Fig. 4, and
the equation of motion can be written as Eq. (8) [20-22].

t [min]

Fig.4 Dynamic modeling of rotor

[M]{i} + [CHa}+[K]{u} = {F()} (®)

where {u}, {it} and {ii} are displacement vector, velocity
and acceleration vectors, [M], [C] and [K] are the overall
mass, damping and stiffness matrices, { F(t)} external force
vector of the rotor-bearing system.

3.1.1 Scaling Factors Between the Full-Sized Rotor
and Scaled Model

The dynamic similarity of the rotor system is derived from
Eqgs. (8) to (13) derived by Wu [23-26] For a vibration
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system with damping, the equation of motion can be writ-
ten as [24].

2,1@ d”{q) )
mgiq) (_1)2 + 2’”1(-?) gi(q) w;q) % + mz('?) wgq) ’1;4) — fi(q)(t(q)) (g=s,F)
dr? dr’?
©

1 1
where m;; generalized mass, {; generalized damping ratio,
n; generalized displacement, w; ith natural frequency, fi(¢)
generalized force

F
Aimﬂiq m(F) dzl']f ) n
Mg )0 al™ Mg

a®

AimAic AiwAin dn@
& B LE) _(F)
< >2mii { +

Aim#i AimAic Ai A llimj’izwii
LHL ;A - - =1 (11)
— f— = 3 = = 2
A‘t - A«,,y /1(0 - 1//171’ ’1m - An’ /lé - 1’ Af - A"I
(12)
A=Al = BA/RY =Dy A=Ay = 4 (13)
Ay, A2 A,
lm/{tw in ) mle> ng)z nlgF) — fi(F)(t(F)) (10)
»

Equation (10) is the equation of motion of the entire rotor
system that vibrates to the ith mode obtained based on the
equation of motion and related scale parameters of scale
model rotor. Equations (9) and (10) should be equivalent,
so the following relation holds [23].

Table 2 Physical parameters of scaled rotor

Description Scale law 1/5 scale model
Diameter of bearing journal Ay 100 mm
Max. outer diameter of disk Ay 350 mm
Total length of disks Ay 1438 mm
Type of disk to disk coupling Hirth-serration
No. of disk (Comp./CUD/TBN) 1 13/3/4
Diameter of center tie-rod Ay 64 mm
Length of center tie-rod Ay 1540 mm
Total length of rotor Ay 2927 mm
Total weight of rotor }»f] 642 kgf
Material of shaft and disks SCM440

! Wi !

i

Compressor side
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where 1, scaling factor of length, 4,, scaling factor of the
generalized mass 4, 4, scaling factor of mass moment of
inertia of disk (Z,, Ip).

The requirement of similitude between the full-size model
and scale model is equivalent to Eq. (11), so scaling factor
can be determined as Eqgs. (12) and (13) [23]. The design of
scale model O‘n =1/5) is based on scaling law as Table 1,
determined as Table 2 considering experimental conditions.
Figure 5 is a design of a one-fifth scale model.

The pre-tightening force of tie-rod which maintains the
integrity of the scale-model rotor is determined, and the
size of tie-rod is selected based on the pre-tightening force.
Based on the designed shape of the disk contact area, the
maximum bending moment due to the rotor weight in joint
coupling is about 2556 N-m. Based on this, the coupling
force required to maintain the coupling state of a disk cal-
culated with a non-dimensional bending stiffness coeffi-
cient of 0.1, is about 725 kN. The pre-tightening force of
scale-model tie-rod is 73.9 tons, and stress on the tie-rod
was designed at a level of 24% compared to the yield stress

W

¢100.

277

>

Fig.5 1/5 Scaled model rotor
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of the rod. Moreover, the maximum bending moment due
to the rotor weight in joint coupling based on the designed
shape of the disk contact area is 600 N-m.

3.2 Experimental and Analysis Results

As shown in Fig. 5, the scale model was designed and fab-
ricated with a total length of 2.9 m and a total weight of
653.4 kgf, and the number of disks was the same as the
actual number of disks, 13 stages for compressors, 3 stages
for CUD and 4 stages for turbines. The specifications of the
materials used in the construction are as shown in Table 3.

While assembling the scale-model rotor, disks are stacked
by order on the stacking jig, and the tie-rod is assembled.
Following the temporary assembly, the nut was fastened
after applying the target pre-tightening force to the tie-rod
using the hydraulic system.

Experiments of the scaled rotor were conducted based on
a free—free condition, the natural frequency was found from
the frequency response function (FRF) through the impact
test, changing the pre-tightening force from 5.2 to 120 tons
(Fig. 6). The equipment used in the experiments is as shown
in Table 4.

Rotordynamic analysis of the scale model was made
using the DYNAMICS R4, considering contact stiffness
effect based on GW theory, applying 45° rule (or 30° rule)
in rapid section change, using equivalent stiffness coefficient
of tie-bolts [27-32].

In the impact test of the scaled model rotor, since the
experiment must be performed while changing the pre-tight-
ening force applied to the tie-rod, the tie-rod is disassem-
bled and assembled repeatedly using a hydraulic system. The
modal analysis results and vibration test results according
to the pre-tightening force changes (5.2, 10.3, 20.7, 31.0,
41.3,51.6, 62.0, 73.9, 87.8 and 120.0 tons) were compared
(Table 5, Fig. 7).

The FRF of the impact test is shown in Figs. 8, 9, 10,
11, 12 and 13. As shown in the Frequency response func-
tion, it can be seen that the natural frequency increases as
the pre-tightening force increases. That is, the Ist natu-
ral frequency is 120-130.2 Hz, the 2nd natural frequency
is 126.3-170.2 Hz, and the 3rd natural frequency is
206.7-217.2 Hz.

Table 3 Material properties of scaled rotor

Material SCM440(AISI4140H)
Density 7850 kg/m?

Young’s modulus 205 GPa

Poisson’s ratio 0.29

Yield strength 685 MPa

Tensile strength 883 MPa

Impact
hammer

Scaled rotor
(center tic)

Accelerometer

Fig.6 Impact test of scaled model rotor

As a result of the analysis, the 1st natural fre-
quency is 121.5-131.2 Hz, the 2nd natural frequency
is 150.1-168.9 Hz, and the 3rd natural frequency is
210.3-216.3 Hz.

Also, as the pre-tightening force increases, the natural fre-
quency of the rotor gradually converges, and since the con-
tact surface is large, the pre-tightening force effect appears
more clearly in the first to third natural frequencies.

If the pre-tightening force is above the threshold, it can
be seen that the dynamic characteristics are similar to those
of an integral rotor. Therefore, to prevent the change of the
tightening force due to the thermal effect caused by opera-
tion mode and to prevent the change of the rotor dynamic
characteristics due to the change, the pre-tightening stress/
yield stress ratio was increased to 24%. It is reasonable
to increase the pre-tightening force by 50% to 120 tons
(1.2E+6N).

As shown in the results of Fig. 7 and Table 5, the analy-
sis results are not significantly different from the Measured
results, so the analysis method is considered to be suffi-
ciently reliable. If the pre-tightening stress/yield stress ratio
is 0.3, i.e., the pre-tightening force is only about 100 tons,

Table 4 Experimental equipment

No. Equipment Model no.

1 Multi-ch. FFT analyzer M + P Smart Analyzer
2 Impact hammer PCB 5802A

3 Amplifier NI 9234 +NI9184

4 Accelerometer Dytran 3035B

@ Springer KEF]E
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Table 5 Comparison of the
natural frequency of calculated

Pre-tighten-

1st Natural frequency (Hz) 2nd Natural frequency (Hz) 3rd Natural frequency (Hz)

Error (%) Calc. Meas. Error (%) Calc. Meas. Error (%)

150.1 1263 189 2103 2067 1.7
1515 1409 7.5 213.1 2134 02
1535 1473 4.2 2146 2159 0.6
155.3 1503 33 2152 2158 03
1569 153.8 2.0 2155 2158 0.1
158.5 155.8 1.7 2157 2167 05
160.1  158.0 1.3 2159 2158 0.1
162.0  160.6 0.9 2160 2159 0.0
164.1 1634 0.4 2162 2161 0.1
1689 170.2 0.7 2163 2172 04

. ing (tons)
and experimental results Calc.  Meas.
5.2 1215 1200 1.3
10.3 1254 1205 4.1
20.7 127.8 1244 2.7
31.0 1288 1253 2.8
41.3 1295  126.1 2.7
51.6 1299 1270 23
62.0 1303 1270 2.6
73.9 130.6 1283 1.8
87.8 1309 1293 1.2
120.0 1312 1302 0.8
25 ] T v T T T T T T ]
] 8—"6‘ h N - - N h O Ist_Calculated
<& 1st_Measured
200 A andiCa]cuIalcd T
O 2nd Measured
< 3rd Calculated |
~ 175 O 3rd Measured
= )
o P G &7
g byl
g P - M
g 150 oo .
&9 ’Q-"
125 C";,D"__'_Sj_'.','_'.g-':-ig-.-.:" R e - S £ SR e |
8 g
$
100 T T T T T T
0 20 40 60 80 100 120

Pre-tightening force (tons)

Fig.7 Comparison of calculated and measured natural frequencies

the error is less than 1%. If the pre-tightening stress/yield
stress ratio is about 0.5, i.e., the pre-tightening force is about
154 tons as in the design standard, the error level is expected
to be about 0.5%.

If the pre-tightening force is about 154 tons, the pre-
tightening stress due to the pre-tightening force is about
50% of the yield stress. This result is consistent with Jans-
sen’s [16]. Therefore, it is confirmed that the condition of
convergence of the natural frequency according to the pre-
tightening force satisfies the pre-tightening stress/yield stress
ratiox 0.5 conditions as the selection criterion considering
natural frequency.

Frequency response function (g/Ibf)

——>5.2 tons

100

200

Fig. 8 Frequency response function at 5.2 tons pre-tightening force
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Fig. 11 Frequency response function at 41.3 tons pre-tightening force
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——62.0 tons

Frequency response function (g/1bf)
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Frequency (Hz)

Fig. 12 Frequency response function at 62.0 tons pre-tightening force

——87.8 tons

Frequency response function (g/1bf)
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Fig. 13 Frequency response function at 87.8 tons pre-tightening force
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Fig. 14 Full-scale unbladed real rotor
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Fig. 15 Impact test of unbladed
real rotor, free—free condition

Table 6 Material properties of central tie-rod

Material 26NiCrMoV 145
Density 7850 kg/m?
Young’s modulus 211.4 GPa
Poisson’s ratio 0.29

Yield strength 835 MPa
Tensile strength 1005 MPa

4 Analysis and Experiment of Full-Scale
Rotor

4.1 Experimental and Analysis Results (Full-Scale
Unbladed Rotor)

The DGT-300H S1 rotor, which is self-designed and manu-
factured by DHI, is shown in Fig. 14. As shown in Fig. 15,
the overall length was designed and fabricated at 10.6 m,
and the rotor was made of an assembly with 13 stages of the
compressor, 3 stages of CUD, 4 stages of turbine, total 20
disks. The test object is a rotor in which the disk is assem-
bled and the blades are not assembled. Table 6 shows the
specifications of the materials used in the analysis of the
actual rotor. The materials used in the actual fabrication
were different from those of Table 6 in consideration of the
stress conditions at each position by centrifugal force, tem-
perature, and compressive force.

As shown in Fig. 16, the rotor was assembled vertically
in a special assembly facility, and the pre-tightening force
applied was 26 MN, which is 50% of yield stress, based
on data verified by a scale model.

The rotordynamic analysis for the full-scale rotor uses
DYNAMICS R4, which is a commercially available tool,
as used for the scaled rotor model analysis, and the proven
method is applied to the scaled model rotor analysis. In
other words, the contact stiffness effect based on the GW
theory was considered. In the case of a rapid section
change, the 45° rule (or 30° rule) was applied and the
equivalent stiffness coefficient of the Tie-bolts was used
Respectively. The results of the analysis were 45.9 Hz for

Fig. 16 Photo of rotor assembly

Ist natural frequency, 81.3 Hz for 2nd natural frequency,
130.1 Hz for 3rd natural frequency as shown in Fig. 17.

For natural frequency verification, the experiment is
shown in Fig. 15, the rotor was suspended and subjected to
an impact test using an impact hammer under a free—free
condition. From the frequency response function (FRF)
measured through the impact test, The natural frequency
was confirmed. The test results are shown in Fig. 18, the
1st natural frequency is 45.7 Hz, the 2nd natural frequency
is 79.5 Hz, and the 3rd natural frequency is 139.0 Hz.

As shown in Table 7, Comparing the analysis results
with the experimental results, the errors in the first to
third modes are 0.3%, 2.3%, and 0.8%, respectively. The
second-order mode error is relatively large because the
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Fig. 17 The result of modal analysis of full-scale rotor

properties of the materials used at the inflection point of
the second mode are different from those of the material
used for the analysis. In other words, the material to be
used is selected in consideration of long-periods opera-
tion under the conditions of centrifugal force, tempera-
ture, and compressive force. Since the rotor is composed
of many disks and the temperature distribution differs
depending on the operation of the disk, a material that
can withstand thermal stress and life is selected for each
disk [33-35].

Figure 19 compares a scaled model rotor with a full
scale rotor. It may be difficult to directly compare the
dynamic characteristics between the two rotors by look-
ing at the figure. In practice, the main target of dynamic
comparisons is the tie-rod with the disks being combined.

5 Conclusion

The gas turbine is rotating machinery with a high emphasis
on operational stability, and despite advances in design and
manufacturing technology, it causes many problems dur-
ing operation. Therefore, customers are demanding opera-
tion stability as a precondition for the gas turbine. It is very
important to accurately design and verify the turbine from
the design stage since it is hard to change the rotordynamic
characteristics of the gas turbine after design and fabrication
are completed.

The problem addressed in this paper is to secure opera-
tion stability in a rotor that uses a large number of disks
assembled with a center tie-rod. To solve this problem, a
rotor model is used to verify the rotor dynamics and analysis
method in advance, and the actual rotor is designed and man-
ufactured based on the verified data, the natural frequency
is measured by the impact test, to confirm the design and
fabrication quality by comparing the results of the validated
analysis.

The following conclusions were obtained through the
analysis and experiments of the scaled model rotor and the
actual full-scale rotor:

(1) The natural frequency changes according to the press-
ing force to be assembled with the center tie rod, and
the natural frequency converges as the pressing force
increases.

Table 7 The result of modal analysis and test of the full-scale rotor

Fig. 18 Frequency response 10"
function of unbladed real rotor

Magnitude (ms"'/N)

Order Analysis (Hz) Test (Hz) Difference (%)
Ist 459 45.8 0.3
2nd 91.3 79.5 2.3
3rd 140.1 139.0 0.8
Real Unbladed Rotor
0 50 150 200 250 ' 300 ' 330 ' 400
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Fig. 19 Size comparison with scaled model rotor and full scale rotor

(2) The non-dimensional bending stiffness coefficient (y) References

due to the weight of the rotor at the joint coupling is

designed to be about 0.1 based on the contact geometry L.
of the designed disk.
(3) Since the pre-tightening stress/yield stress ratio reaches 2

30%, natural frequency converges, and in 50%, it is
consistent with the test results within 0.5%, so it is con-
sidered reasonable to compress to a level of 50%.

(4) Considering the contact stiffness effect in the analysis
of the rotor and applying a 45° rule (or 30° rule) where 4.
there is a sudden change in section and applying the
equivalent stiffness coefficient of the tie-bolts, It can
be expected that a sufficient level of analysis accuracy
can be expected.

(5) To improve the accuracy of the actual rotor analysis,
different materials are used depending on the environ-
ment (temperature, stress, and service life) of each disk,
so the actual mechanical properties of the material to
be used must be applied. 7.

(6) Since the analysis and experiment results of a scale
model applying the scaling law of a gas turbine rotor
show sufficient consistency with the actual rotor analy-
sis and experiment results, the pre-assessment through 8.
a scale model was found to be sufficiently useful.
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