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Abstract 
 
Outer ring of bearing fit looseness fault is a common fault. Scratch often appears in the inner surface of pedestal. The fit looseness fault 

mechanism is not clear. For rotor-rolling bearing system with fit looseness fault between rotor-bearing outer ring and pedestal, a rotor 
coupling dynamic model that the interaction of bearing outer ring and pedestal are considered. This model is different from the universal 
rubbing model, where the directions of relative motion between rotor and stator are not considered. Numerical integration method is used 
to obtain the response of the system where the rotor is established by FEM and the bearing outer ring and pedestal are established by 
lumped mass model. Firstly, modal test results and simulation results were used to verify the correctness of this model. Secondly, the role 
of tightening torque between bearing outer ring and pedestal is considered, and the response characteristics of bearing and rotor are ana-
lyzed when fit looseness fault is considered. Finally, comparing the simulation results with test results, the waveform and spectrum are 
similar, which verifies the correctness of the fit looseness model. The fit looseness fault characteristics are that the acceleration after noise 
reduction shows periodic impact, up and down asymmetry, multiple frequencies appear. A method by increasing tightening torque is put 
forward to control the vibration caused by fit looseness fault.  
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1. Introduction 

Looseness fault is a common fault in rotary machinery. 
Looseness fault usually can be divided into bolt connection 
looseness fault and bearing fit looseness fault. Scholars at 
home and abroad have studied on bolt connection looseness 
fault gradually. The piecewise nonlinear stiffness model is 
used to study the bolt connection looseness fault. Chen [1] 
used piece-wise looseness fault model to study the rotor mass 
unbalance and looseness of bearing house faults. It is found 
that looseness fault will increase the amplitude under super-
critical speeds. Luo [2] established a nonlinear dynamic model 
of a two-span elastic rotor-bearing system with coupling faults 
of piece-wise pedestal looseness and rub-impact support on 
three plain journal bearing. Nonlinear phenomenon was ana-
lyzed. Ma [3] established three dynamic models considering 
pedestal looseness, rub-impact and coupling fault. Piece-wise 
linear stiffness model was used to simulate looseness fault. 
The similarities and differences were compared. He [4] also 

analyzed the effects of the looseness parameters (looseness 
clearance and stiffness of the foundation) on its dynamic char-
acteristics. Muszynska et al. [5] studied numerically and ex-
perimentally the dynamic behavior of a one-lateral-mode un-
balanced and radially side-loaded rotor with either a loose 
pedestal or with occasional rotor-to-stator rubbing. Ehrich [6] 
used a simple numerical model of rotor employing a single 
mass mounted on a massless shaft and a piecewise linear bear-
ing support stiffness to represent the system. The result can 
replicate the response an individual representative points over 
a range of sub-, trans- and supercritical high-speed rotor op-
eration. Liu et al. [7] established a dual-disk three-support 
looseness-rubbing fault of rotor-bearing system. The charac-
teristics of looseness-rubbing coupling fault are investigated. 
Lu et al. [8] investigated experimentally the vibration charac-
teristics of the system with pedestal looseness. It is found that 
the system motion contains fractional and multiple harmonic 
components and the looseness occurs intermittently. Wang et 
al. [9-12] applied a looseness fault model with piecewise lin-
ear stiffness to study a single freedom model and real aero-
engine model. The nonlinear response characteristics are in-
vestigated. Some experiments were conducted to verify the 
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correctness of nonlinear looseness model. Wang [13] studied 
experimentally the parameters of assembly process of a bear-
ing outer ring and temperature and tightening torque. It is 
found that the clearance fit and outer ring tightening torque 
have great influence on the rotor vibration. Chen [14, 15] stud-
ied numerically and experimentally the whole vibration of 
aero-engine. It is found that the proposed model can simulate 
the natural vibration characteristic of whole aero-engine and 
perform nonlinear dynamic simulation of whole aero-engine 
with faults. 

Many scholars used piecewise linear stiffness model to rep-
resent looseness fault and the nonlinear response mechanism 
can be obtained by experiments and simulation. However, 
piecewise linear stiffness model can not be applied to rotating 
parts with fit looseness fault, the mechanism of rotating parts 
with fit looseness fault between bearing outer ring and pedes-
tal is not fully studied.  

In this paper, a fit looseness fault model between the outer 
ring and pedestal is established. This model is similar to rub-
bing fault model, but the big difference is bearing outer ring 
and pedestal are not rotating and friction force direction needs 
to be judged and friction effect will be generated between 
bearing outer ring and pedestal. Then, the fit looseness fault is 
applied to a rotor-rolling bearing tester, and numerical integra-
tion method is used to analyze the influence of fit looseness 
clearances and tightening torque on response characteristics. 
Finally, the characteristics of wave and frequency spectrum 
are compared with certain type of missile turbofan aero-
engine vibration, which verified the correctness of the fit 
looseness model. 

 
2. Modeling of fit looseness fault  

2.1 Fit looseness fault model  

Fig. 1 is the sketch of a bearing outer ring and a pedestal at 
a loose end. In this figure, a shaft is supported on a rolling 
bearing and a lock nut is tightened on the pedestal which is 
fixed on the ground. Fit clearance exists between the bearing 
outer ring and the lock nut.  

Fig. 2 is the simplified physical fit looseness fault model. 
Assumed the friction damping is cf, the connection stiffness 
between the outer ring and pedestal is k, the contact stiffness 
of outer ring and pedestal is kr, bearing stiffness is kb, and 

bearing damping is cb. The nonlinear stiffness will appear in 
this system when the fit clearance between outer ring and 
pedestal is less than δ. 

Fig. 3 is a mechanical fit looseness model. Fig. 3(a) is the 
mechanical diagram of bearing outer ring and pedestal. In Fig. 
3(a), the center of pedestal is 1 ,O  the center of bearing outer 
ring is 2 ,O  contact angle position is q , the normal force is 

NP , and tangential force is TP . Fig. 3(b) is the motion 
diagram of bearing outer ring and pedestal.  

The relative tangential velocity of bearing outer ring and 
pedestal is decomposed in horizontal and vertical direction. It 
is assumed that the lateral displacement and velocity of inter-
nal bearing outer ring are Ix  and ,Ix&  and the lateral 
displacement and velocity of external pedestal are ox  and 

ox& , so the relative displacement and velocity of bearing outer 

 
 
Fig. 1. Sketch of a bearing outer ring and a pedestal at a loose end. 

 

 
Fig. 2. Physical model of fit looseness fault. 
 

 
(a) Mechanical diagram 

 

 
(b) Motion diagram 

 
Fig. 3. A mechanical model with fit looseness fault. 
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ring and pedestal can be described as follows: 
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It is assumed that the radial displacement of bearing outer 

ring and pedestal is r , and it can be described as follows: 
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It is assumed that fit clearance between pedestal and bearing 

outer ring is c . When r c< , rubbing will not occur. When 
r c> , bearing outer ring and pedestal will rub, and the angle 
of contact point P can be described as follows: 
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Assumed that the friction direction of pedestal relative to 

bearing outer ring at the contact point P is positive in Fig. 3(a), 
so the tangential velocity of pedestal relative to outer ring can 
be described as follows: 
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It is assumed that the rubbing of pedestal and bearing outer 

ring obeys coulomb friction law, so normal force and 
tangential force generated by rubbing can be described as 
follows: 
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where the rubbing stiffness between two fit surfaces is rk , the 
friction coefficient is f, and the fit clearance is c. In Eq. (6), 
tangential friction is not the same as coulomb friction equation, 
whose direction should be judged by function sign(vT). The 
normal collision force and tangential friction force can be 
divided in x and y axises, and it can be described as follows: 
 

(1 / )[ ( ) ( ) ( )]
(1 / )[ ( ) ( ) ( )]

x r I O T I O

y r I O T I O

P k c r x x f sign y y
P k c r y y f sign x x

n
n

= - - - + × × -ì
í = - - - - × × -î .

  (7)
 

 
In Fig. 1, there is fit clearance between bearing outer ring 

and lock nut, so friction effect on the outer surface of bearing 
outer ring and inner surface of lock nut appears. Fig. 4 shows 
the force diagram of the bearing outer ring and lock nut. The 
fit clearance between the bearing outer ring and lock nut will 

cause rubbing, and the end friction force of outer ring and lock 
nut is considered, which is represented by Fy. 

Assumed that tightening force in the inner surface of the 
lock nut is FN, friction coefficient is μ, velocities of bearing 
outer ring in horizontal and vertical directions at this moment 
are vrx and vry. Lock nut is fixed on the pedestal, so the move-
ments of lock nut and pedestal are same. Assumed the veloci-
ties of pedestal in horizontal and vertical directions at this 
moment are vbx and vby. The friction forces at the end surfaces 
can be described as follows: 
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In this paper, assumed the friction forces are equivalent to 

viscous damping forces, and the equivalent viscous damping 
coefficient between bearing outer ring and pedestal is ex-
pressed as cf, as shown in Eq. (9). 
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Obvious nonlinear characteristics will appear in radial di-

rections for the action of rubbing forces between bearing outer 
ring and pedestal. The friction forces between two contact 
surfaces will be changed by controlling the tightening torques 
of pedestal. As the friction forces are equivalent to viscous 
damping forces, the changing of equivalent viscous damping 
coefficient can reflect the changing of tightening torques indi-
rectly. 

Tightening torques and friction forces between bearing out-
er ring and pedestal are considered to study the nonlinear re-
sponse characteristics caused by bearing outer ring and pedes-
tal with fit looseness fault. The rotor-bearing tester is used for 
simulation analysis. 

 
2.2 Solution of finite element rotor-casing coupling dynamic 

model 

Because the number of DOF in the finite element rotor-
support coupling dynamic model is very large, in addition, there 

 
 
Fig. 4. Force diagram of the bearing outer ring and lock nut. 
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are a lot of strong nonlinear factors, the explicit Newmark-b 
method and implicit Newmark-b method [9-12] are used to 
solve system’s responses. This finite element rotor-support cou-
pling dynamic solution procedure is shown in Fig. 5. 

 
2.3 The rotor-bearing tester coupling dynamic model 

Fig. 6 is the physical map of a rotor tester. Fig. 7 is a rotor 
model for this tester. Where P1 , P2 and P3 are disk 1, disk 2 
and Table 3, respectively; S1 and S2 are two ends of the rotor 
supporting position; Fyb1 and Fyb2 are the contact forces 
between the rotor and support, respectively. In Fig. 6, the mass 
of disk 1 and disk 2 is 2.4 kg; polar moment of inertia is 
0.0125 kg·m2; equator moment of inertia is 0.00625 kg·m2; 
the mass of disk 3 is 1.05 kg; polar moment of inertia is 
8×10-4 kg·m2; equator moment of inertia is 4×10-4 kg·m2; the 
diameter of this shaft is 0.019 m; L1, L2, L3, L4 and L5 are 
100 mm, 152 mm, 380 mm, 180 mm and 130 mm, re-
spectively. 

In modal test, the acceleration sensor was installed on the 
rotor and hammer was used to knock 6 points on the shaft. 
The method of single measurement point and multiple excita-
tions was adopted, force and acceleration were input to NI 
collector, and parameter value was obtained by modal soft-
ware. 

Fig. 8 is the comparison of the first three order test vibration 
modes and calculation vibration modes. Table 1 is the natural 
frequencies. By comparing the first three order vibration 
modes and frequencies obtained from experiments and simu-
lation, the modes and frequencies are valid and the model for 
the tester is correct. Based on this valid model, simulation on 
different looseness fault conditions is conducted.  

 
3. 1Fit looseness fault simulation  

3.1 Simulation conditions 

In order to analyze the influence of tightening torques, rotat-
ing speeds, radial clearances and friction forces, different fit 
looseness fault conditions are set to simulate as follows: 

(1) The friction effect between bearing outer ring and lock 
nut is not considered when there is a fit looseness fault. As-
sumed the fit clearances are 0 mm, 30 mm, 50 mm and 100 mm, 
the elastic rubbing stiffness at this support is 1×106 N/m, line 
spring stiffness between bearing outer ring and rotor is 1×108 
N/m, and damping coefficient is 2000 N·s/m.  

(2) The friction effect between bearing outer ring and lock 
nut is considered when there is a fit looseness fault. Assumed 
the fit clearances are 0 mm, 30 mm, 50 mm and 100 mm, the 
elastic rubbing stiffness at this support is 1×106 N/m, friction 
coefficient is 0.1, line spring stiffness between bearing outer 
ring and rotor is 1×108 N/m, and damping coefficient is 
2000 N·s/m. 

(3) The changing of tightening torques can be achieved by 
changing the viscous damping coefficient. The influence of 
tightening torques on vibration can be represented by chang-

 
Fig. 5. Solving flow for rotor-support coupling dynamics. 
 

 
 
Fig. 6. Physical map of a rotor tester. 
 

 
 
Fig. 7. Rotor model for this tester. 

 

Table 1. Results of frequency identification. 
 

 The first order The second 
order The third order 

Experimental  
frequency /Hz 44.53 114.37 222.54 

Frequency from  
simulation /Hz 40.15 111.87 214.81 

 

 
(a) The first three order vibration modes obtained from experiments 

 

 
(b) The first three order vibration modes from simulation 

 
Fig. 8. The first three order vibration modes from experiments and 
simulation. 
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ing rotating speeds, radial fit looseness clearances, and friction 
forces. 

(4) The unbalance excitation of three disks is considered, 
and their eccentricities are 0.3 mm. 

(5) The rotating speed range is 1000-10000 rpm. 
(6) The measurement points are vertical acceleration on 

pedestal and rotor displacement. 

 
3.2 Response characteristics analysis regardless of tighten-

ing torques 

Fig. 9 is the rotor vertical amplitude changing with rotating 
speeds. As can be seen from this figure, the first two order 
critical speeds are 2400 rpm and 6400 rpm, respectively. 

Figs. 10-12 are the waterfall plot of rotor displacement and 
pedestal acceleration when the viscous damping is 500 N·s/m, 

fit looseness clearances between outer ring and pedestal are 
30 μm, 50 μm and 100 μm, respectively. As can be seen from 
these figures, multiple frequencies are more obvious with the 
increase of fit looseness clearances in rotor displacement and 
pedestal acceleration waterfall plot. Super-harmonic reso-

 
 
Fig. 9. Bode plot of rotor vibration. 
 

 
(a) Waterfall plot of rotor lateral displacement 

 

 
(b) Waterfall plot of pedestal vertical acceleration 

 
Fig. 10. Waterfall plot of rotor lateral displacement and pedestal verti-
cal acceleration when the fit clearance is 30 μm. 

 

 
(a) Waterfall plot of rotor lateral displacement   

 

 
(b) Waterfall plot of pedestal vertical acceleration 

 
Fig. 11. Waterfall plot of rotor lateral displacement and pedestal verti-
cal acceleration when the fit clearance is 50 μm. 
 

 
(a) Waterfall plot of rotor lateral displacement   

 

 
(b) Waterfall plot of pedestal vertical acceleration 

 
Fig. 12. Waterfall plot of rotor lateral displacement and pedestal verti-
cal acceleration when the fit clearance is 100 μm. 
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nance, and multiple frequencies under high rotating speeds are 
obvious than that under lower rotating speeds. It showed that 
nonlinearity is strengthening under the higher rotating speeds 
for rubbing effects. 

Figs. 13-18 are the pedestal acceleration waveform, its 
spectrum before and after noise reduction and the orbit of 
rotor at the looseness location. The fit clearance is 50 μm and 
the rotating speeds are 2000 rpm, 2400 rpm, 2600 rpm, 4800 
rpm, 6000 rpm and 8400 rpm. Red curve is used when outer 

ring and pedestal rubs, otherwise, blue curve is used. 
In Figs. 13(a) and (c), the acceleration plots show obvious 

periodic impact phenomenon when the rotating speeds are 
under the first order critical speed 2400 rpm. In Fig. 13(d), the 
amplitude of rotor is small, and the rotor is whirling at the 
bottom. The rubbing time of outer ring and pedestal is short as 
the fit clearance between outer ring and pedestal is large.  

In Fig. 14(c), the pedestal acceleration after noise reduction 
shows periodic impact, up and down asymmetry, and multiple 

 
(a) Waveform before noise reduction   (b) Spectrum before noise reduction 

 

 
(c) Waveform after noise reduction             (d) Orbit 
 
Fig. 13. Pedestal acceleration waveform, spectrum, and rotor orbit 
when the rotating speed is 2000 rpm. 

 

 
(a) Waveform before noise reduction  (b) Spectrum before noise reduction 
 

 
  (c) Waveform after noise reduction            (d) Orbit 
 
Fig. 14. Pedestal acceleration waveform, spectrum, and rotor orbit 
when the rotating speed is 2400 rpm. 

 

(a) Waveform before noise reduction  (b) Spectrum before noise reduction 
 

 (c) Waveform after noise reduction             (d) Orbit 
 
Fig. 15. Pedestal acceleration waveform, spectrum, and rotor orbit 
when the rotating speed is 2600 rpm. 

 

(a) Waveform before noise reduction  (b) Spectrum before noise reduction 
 

  (c) Waveform after noise reduction           (d) Orbit 
 
Fig. 16. Pedestal acceleration waveform, spectrum, and rotor orbit 
when the rotating speed is 4800 rpm. 
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frequencies appear in Fig. 14(b). In Fig. 14(d), the fit clear-
ance between outer ring and pedestal disappears when the 
speed is at the first order critical speed 2400 rpm. As the am-
plitude of rotor is large, that is, the outer ring and pedestal 
always rub.  

In Figs. 15(a) and (c), pedestal acceleration plots after noise 
reduction show periodic impact and multiple frequencies ap-
pear in Fig. 15(b). In Fig. 15(d), when the rotating speed has 
passed the first order critical speed 2400 rpm, the amplitude of 
rotor has been decreased, the rubbing time is shorter and the 
rotor is whirling at the bottom.  

In Figs. 16(a) and (c), pedestal acceleration plots after noise 
reduction show periodic impact and multiple frequencies ap-
pear in Fig. 16(b). In Fig. 16(d), the amplitude of rotor has 
been increased, the rubbing time is longer.  

In Figs. 17(c) and 18(c), pedestal acceleration plots after 
noise reduction show obvious periodic impact, up and down 
asymmetry, and multiple frequencies appear in Figs. 17(b) and 
18(b). In Figs. 17(d) and 18(d), the fit clearances between 
outer ring and pedestal disappear, and the outer ring and 
pedestal always rub.  

In these figures, super-harmonic resonance appears obvi-
ously, that is, 6× in Fig. 13(b), 5× in Fig. 14(b), 3× in Fig. 
16(b) and 2× in Fig. 18(b). 

 
3.3 Response characteristics analysis considering tightening 

torques 

In order to analyze the influence of the tightening torques 
on the response of rotor system, the response of the rotor sys-
tem is obtained by simulation. The viscous damping is in-
creased from 500 N.s/m to 1000 N·s/m and fit clearances are 

30 μm, 50 μm and 100 μm, respectively. The results are 
shown in Figs. 19-21. It is found that multiple frequencies 
under different rotating speeds are not obvious in the waterfall 
plot of pedestal acceleration with the increase of tightening 
torques, comparing with Figs. 10-12. Nonlinear phenomenon 
becomes less obvious by increasing the tightening torques. 

Figs. 22 and 23 are the waveform, spectrum of pedestal ac-
celeration before and after noise reduction and rotor orbit. The 

 
(a) Waveform before noise reduction  (b) Spectrum before noise reduction 
 

 (c) Waveform after noise reduction             (d) Orbit 
 
Fig. 17. Pedestal acceleration waveform, spectrum, and rotor orbit 
when the rotating speed is 6000 rpm. 

 

(a) Waveform before noise reduction  (b) Spectrum before noise reduction 
 

 
 (c) Waveform after noise reduction             (d) Orbit 
 
Fig. 18. Pedestal acceleration waveform, spectrum, and rotor orbit 
when the rotating speed is 8400 rpm. 

 

 
(a) Waterfall plot of rotor lateral displacement   

 

 
(b) Waterfall plot of pedestal vertical acceleration 

 
Fig. 19. Waterfall plot of rotor lateral displacement and pedestal verti-
cal acceleration when fit clearance is 30 μm. 
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rotating speed is 2400 rpm, fit clearance is 50 μm, viscous 
damping are 1600 N·s/m and 3000 N·s/m, respectively. As can 

be seen from these figures, the rotating speed is at the critical 
speed 2400 rpm, so the vibration displacements are larger and 
it is difficult to make collision and friction effect disappeared 
by increasing the tightening torques between bearing outer 
ring and pedestal.  

Figs. 24-26 are the waveform, spectrum of pedestal accel-
eration before and after noise reduction and rotor orbit. The 
rotating speed is 10000 rpm, fit clearance is 50 μm, and vis-
cous damping are 1000 N·s/m, 1600 N·s/m and 3000 N·s/m, 

 
(a) Waterfall plot of rotor lateral displacement 

 

 
(b) Waterfall plot of pedestal vertical acceleration 

 
Fig. 20. Waterfall plot of rotor lateral displacement and pedestal verti-
cal acceleration when fit clearance is 50 μm. 
 

 
(a) Waterfall plot of rotor lateral displacement   

 

 
(b) Waterfall plot of pedestal vertical acceleration 

 
Fig. 21. Waterfall plot of rotor lateral displacement and pedestal verti-
cal acceleration when fit clearance is 100 μm. 

 

 
(a) Waveform before noise reduction  (b) Spectrum before noise reduction 
 

 
 (c) Waveform after noise reduction             (d) Orbit 
 
Fig. 22. Pedestal acceleration waveform, spectrum, and rotor orbit 
when the rotating speed is 2400 rpm and viscous damping is 
1600 N·s/m. 
 

 
(a) Waveform before noise reduction  (b) Spectrum before noise reduction 
 

 
 (c) Waveform after noise reduction             (d) Orbit 
 
Fig. 23. Pedestal acceleration waveform, spectrum, and rotor orbit 
when rotating speed is 2400 rpm and viscous damping is 3000 N·s/m. 
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respectively. As can be seen from these figures, the rotating 
speed is not at the critical speed 2400 rpm, so the vibration 
displacement is smaller, it is easy to make collision and fric-
tion effect disappeared by increasing the tightening torques 
between bearing outer ring and pedestal. 

 
3.4 Verification of test data 

Fig. 27 is certain types of missile turbofan No. Z09077 

aero-engine test data. The aero-engine's radial vibrations are 
measured by two acceleration sensors, one of which is in-
stalled on the aero-engine's lateral horizontal position and the 
other, on the aero-engine's top vertical position. The sampling 
frequency is 12.8 kHz. During the trial running process, the 
whole aero-engine vibration value often exceeds the standard 
limit and 550 seconds is chosen for analysis. 

Figs. 28 and 29 are horizontal and vertical acceleration 
changing with time. It show 1´, 2´, 3´, 4´ components and 
RMS of casing acceleration change with time. In Fig. 28, 1´ is 
dominant during 0 s-550 s, the horizontal acceleration in-
creases rapidly when the rotating speed is around 33187 rpm 
and 3´ increases rapidly. However, in Fig. 29, 3´ and 4´ are 
dominant during 0 s-550 s, and 1´, 2´, 3´ and 4´ increase 
rapidly when the rotating speed is around 33187 rpm. 

Fig. 30 is the rotating speeds changing with time. It shows 
the starting time from 0 s to 500 s and closing time from 500 s 
to 550 s. Figs. 31(a) and (b) are 1´ of horizontal and vertical 
acceleration at rotating speeds from 30000 rpm to 33000 rpm. 
In Fig. 31(a), 1´ of horizontal acceleration increases rapidly 
from 6 g to 15 g when the rotating speeds were changing from 

           (a) Waveform                  (b) Spectrum 
 

 
(c) Orbit 

 
Fig. 24. Pedestal acceleration waveform, spectrum, and rotor orbit 
when rotating speed is 10000 rpm and viscous damping is 1000 N·s/m. 
 

           (a) Waveform                  (b) Spectrum 
 

 
(c) Orbit 

 
Fig. 25. Pedestal acceleration waveform, spectrum, and rotor orbit 
when rotating speed is 10000 rpm and viscous damping is 1600 N·s/m. 

 

 
           (a) Waveform                  (b) Spectrum 
 

 
(c) Orbit 

 
Fig. 26. Pedestal acceleration waveform, spectrum, and rotor orbit 
when rotating speed is 10000 rpm and viscous damping is 2400 N·s/m. 
 

 
Fig. 27. Test data. 
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30000 rpm to 32000 rpm, and it keeps increasing from 15 g to 
18 g when the rotating speeds were changing from 32000 rpm 
to 33000 rpm. In Fig. 31(b), 1´ of vertical acceleration in-
creases slightly from 5 g to 9 g when the rotating speeds were 
changing from 30000 rpm to 32000 rpm and it keeps increas-
ing from 9 g to 15 g when the rotating speeds were changing 
from 32000 rpm to 33000 rpm. 

Figs. 32(a) and (b) are the waterfall plot of vibration data. 
As can be seen from the waterfall plot of horizontal accelera-
tion, 1´ is obvious when the rotating speeds are under 
33187 rpm. However, 3´ is more obvious when the rotating 
speed is around 33187 rpm. In the vertical acceleration, 2´, 3´ 
and 4´ are obvious. 

Figs. 33 and 34 are the waveform and spectrum of horizon-
tal and vertical acceleration after noise reduction when the 
rotating speeds are 31968 rpm and 32812 rpm. In Fig. 33, 1´ 
is more obvious than other frequency components in horizon-
tal direction. However, 2´, 3´ and 4´ become more obvious 
in vertical direction. The waveform shows periodic impact, up 
and down asymmetry. The wave is the same as Fig. 23(c) 
shown in Fig. 33(e). In Fig. 34, 3´ is obvious in horizontal 
direction. The wave is same as Fig. 22(c) shown in Fig. 34(e). 
However, 3´ is more obvious in vertical direction. The wave 
is the same as Fig. 17(c) shown in Fig. 34(f). 

 
4. Conclusion 

By comparing the waveform of test data with the waveform 
from real rotor vibration model, some results can be acquired 
as follows: 

(1) A dynamic model of a rotor tester with fit looseness 
fault was established, modal test was used for verification, and 
the fit looseness simulation is carried out under different fit 
looseness clearances.  

(2) The acceleration response of pedestal was obtained. It 
can be found that pedestal acceleration after noise reduction 
showed periodic impact, up and down asymmetry, multiple 
frequencies appeared. The influence of tightening torques on 

(a) Horizontal acceleration spectrum 
 

(b) Vertical acceleration spectrum 
 
Fig. 32. Waterfall plot of horizontal and vertical acceleration. 
 

 
 
Fig. 28. Horizontal acceleration changing with time. 
 

 
 
Fig. 29. Vertical acceleration changing with time. 

 

 
 
Fig. 30. Speeds changing with time. 
 

 
(a) Horizontal acceleration 

 

 
(b) Vertical acceleration 

 
Fig. 31. Acceleration amplitude changing with rotating speeds. 
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the response of pedestal was analyzed. Vibration can be sup-
pressed by increasing tightening torques.  

(3) By comparing the simulation with test data, the fault vi-
bration waveform from simulation and test were same. Accel-
eration after noise reduction showed periodic impact, up and 
down asymmetry, multiple frequencies appeared. This charac-

teristics can indicate that fit looseness fault exists. By decom-
posing the engine, it can be found that wear phenomenon ap-
pear in bearing outer ring which showed that fit looseness 
fault existed. The characteristics can provide qualitative judg-
ment for engine with fit looseness fault. 
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(e) Waveform after noise reduction  (f) Waveform after noise reduction 
 
Fig. 34. Waveform and spectrum of acceleration when the rotating 
speed is 32812 rpm. 
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