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Forced convective heat transfer in a plate channel filled with metallic spherical particles was investi-

gated experimentally and numerically. The test section, 58 mmx80 mmXx5 mm in size, was heated by
a 0.4 mm thick plate electrical heater. The coolant water flow rate ranged from 0.015 to 0.833 kg/s.
The local wall temperature distribution was measured along with the inlet and outlet fluid tempera-

tures and pressures. The results illustrate the heat transfer augmentation and increased pressure drop
caused by the porous medium. The heat transfer coeflicient was increased 5-12 times by the porous
media although the hydraulic resistance was increased even more. The Nusselt number and the heat
transfer coefficient increased with decreasing particle diameter, while the pressure drop decreased as

the particle diameter increased. It was found that, for the conditions studied (metallic packed bed),
the effect of thermal dispersion did not need to be considered in the physical model, as opposed to a
non-metallic packed bed, where thermal dispersion is important.

Keywords: convective heat transfer, porous media, plate channel, heat transfer enhance-
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INTRODUCTION

Heat transfer enhancement techniques play a very
important role in thermal control technologies used
with microelectronic chips, powerful laser mirrors,
aerospace craft, thermal nuclear fusion, etc. It is
widely recognized that the heat transfer can be in-
creased by increasing the surface area in contact with
the coolant. Tuckerman and Pease!2) pointed out
that for laminar flow in confined channels, the heat
transfer coefficient is inversely proportional to the
width of the channel since the limiting Nusselt num-
ber is constant. They built a water—cooled integral
heat sink with microscopic flow channels, typically 50
pm wide and 300 gm wide and 300 um deep, and
demonstrated that extremely high power density cir-
cuits could be cooled with a surface flux of 790 W /cm?
or even more. Mahalingam!® confirmed the superi-
ority of microchannel cooling on a silicon substrata
with a surface area of 5 cm x 5 cm using water and
air as coolants. In recent years many researchers have
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studied the heat transfer augmentation produced by
microchannels.

Porous structures are another effective heat transfer
augmentation technique. Porous structures intensify
the mixing of the flowing fluid and enhance the con-
vective heat transfer. Several cooling systems using
porous structures have been applied to cooling mirrors
in powerful lasers!*®! and cooling phased-array radar
systems!®l. Very high heat fluxes (4 x 107 W/m?) can
be obtained using single-phase water flow!®. Chrysler
and Simons!” suggested the use of packed beds of
spherical particles to enhance convective heat trans-
fer from microelectronic chips while Kuo and Tien!®!
suggested the use of foam metal for the same appli-
cation. Jeigarnik et al.l® and Haritonov et al.l4 nu-
merically and experimentally investigated the convec-
tive heat transfer on flat plates and in channels filled
with porous material. The porous media increased
the heat transfer coefficient 5-10 times although the
hydraulic resistance was increased even more. Hwang
and Chaol'? experimentally and numerically studied
convective heat transfer in sintered porous channels.
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Nasr et al.l"] experimentally studied the forced con-
vection heat transfer from a circular cylinder embed-
ded in a packed bed of spherical particles showing that
the packed bed greatly increased the Nusselt number
(up to seven times for aluminun spheres).

The influence, such as non- Darcian effects, variable
porosity, variable properties, and thermal dispersion
in the porous medium on the fuid flow and Leat trans-
fer has been widely studied('2=20,
review of heat and fluid tlow characteristics in packed
beds was published by Achenbach2!) but there are
some problems that still need to be investigated fur-
ther. For example, heat transfer increases as the parti-
cle diameter increases according to [13-15, 18-19}, but
Jeigarnik et all”l, Hwang and Chaol'” and Nasr et
al."Y found the opposite result. The experiments of
Jeigarnik et al.! used water and Hwang and Chaol'%)
and Nasr ot al.l''l used air Howing through a packed
bed made of comparatively high thermal-conductivity
particles; o, the heat transfer coefficients on the wall
were controlled mainly by heat conduction from the
solid particles to the wall. When the particle dian-
cter was deereased, the contact surface between fluid

A comprechensive

and particles increased, so the heat transter coefficient
increased. This has been analyzed by Jiang et al.[20,
However, it needs to be verified experimentally.

The present paper reports the results of an experi-
mental study and corresponding munerical simulation
of forced convective heat transfer in a plate channel
filled with metallic spherical particles. The numerical
results are compared with experimental data. The ef-
feet of thermal dispersion, particle diameter and parti-
cle conductivity on convective heat transfer in metallic
packed bed is analyzed.

EXPERIMENTAL APPARATUS AND DATA
REDUCTION

The geometry is depicted schematically in Fig.1.
The size of the test section was 58 mm X 80 mm x5
mu. The upper plate of the channel received a con-
stant heat Hux, ¢y, while the bottom and the side
plates were adiabatic. The flow entered the channel
with an average velocity u, and constant temperature
T.s. Adiabatic sections (1 mm long) were placed be-
fore and after the heated section. The coolant water
flow rate ranged from 0.015 to 0.833 kg/s.

In electronic cooling, micro-electronic devices may
be damaged by local excessive high temperatures of
the heat sink as opposed to the average temperatures,
so the local wall temperature distribution was mea-
sured so as to determine the local heat transfer coef-
ficient. The Nusselt numbers along the plate channel

Journal of Thermal Science, Vol. 6, No.3, 1997

with porous media are then compared to those with-
out porous media.
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Fig.1 Schematic diagram of the physical system

The experimental apparatus, shown schematically
in Fig.2, consisted of a water tank, a pump, a test sec-
tion, a heat exchanger, and instrumentation to mea-
sure temperatures and pressures and electrical power
inputs. The test section was made of 2 mm thick stain-
less steel plate and thermally insulated from the out-
side environment. There were 1 mm unheated porous
sections before and after the heated section. The plate
channel was filled with packed metallic (stainless steel
or iron) particles. The average bead diameters were
0.428 mm for stainless steel particles and 0.85 mun
for iron particles. Special care was taken in packing
the beads to ensure uniformity in the structure of the

porous medium. The spheres were poured randomly

1. water tank; 2. pump; 3. filter; 4. test section;

5. current meter; 6. voltage stabilizer; 7. voltage
regulator; 8. transformer; 9. multiplexer;

10. digital multimeter; 11. personal computer,

12. plate heat exchanger

Fig.2 Experimental apparatus
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into the channel, leveled and then shaken. This proce-
dure was repeated until no more beads could be placed
into the channel. The spheres were supported by two
perforated plates and fine mesh stainless steel screens
at the inlet and outlet of the test section. The mea-
sured global porosity for the entire packed channel was
0.365 for d,,=0.428 mm and 0.381 for d,=0.85 mm.

The upper plate was heated by a 0.4 mm thick plate
heater using low--voltage alternating current to simu-
late a heat sink with constant heat flux. A mica sheet
was placed between the heater and the stainless steel
plate channel surface. The small air gap between the
mica sheet and the stainless steel plate channel sur-
face was filled by a high thermal conductivity paste
to miinimize the contact resistance. The heater volt-
age and current were measured by digital multimeters.
The electric power input to the heater was calculated
from the measured current and voltage readings.

The local temperature of the plate channel was
measnred with 22 copper-constantan thermocouples
at the locations shown in Fig.3. Ten thermocouples
were attached to the upper plate chaunel surface (0.5
nun below the surface) along the centerline and ten
thermocouples were attached to the inner plate chan-
nel surface (1 mm deep) along the centerline at the
Two

attached to the upper

same axial locations as those on upper surface.

more thermocouples  were
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Fig.3 Thermocouple locations (the dots

represent thermocouples;

the distances are in mm)
plate channel surface along a line 2.5 ¢m away from
the centerline to monitor the temperature variations
at the cross sections. The thermocouple leads first ran
along cross-sectional grooves and then along the lon-
gitudinal grooves toward the channel end. The groove
were covered with soft metal and then smoothed. The
inlet water temperature was measured by a thermo-
couple located at the inlet, approximately 4.5 cm up-
stream from the heated section. Three thermocouples
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were located at the outlet of the plate channel, approx-
imately 4.5 cm downstream from the heated section
and 1 thermocouple was located in the tube 17.5 cm
downstream from the heated section to measure the
bulk temperature at the exit. Prior to installation,
the thermocouples were calibrated using a constant,
temperature oil bath. The overall accuracy was found
to be well within +0.2C. The pressures at the inlet
and outlet were measured using accurate manometers
with an accuracy of 0.25% of the full scale range of
1.6 MPa. The measured temperatures and pressures
were used to determine the values of the thermophys-
ical properties needed for the calculations. The flow
rate was measured by weighting the fluid exiting the
channel for a given time period. A regulating valve in
the line allowed the flow rate in the test section to be
varied from approximately 0.015 to 0.833 kg/s.

Water was chosen as the working fluid because of its
availability and wide application. For each test, the
How rate, input power and inlet fluid temperature were
fixed. The temperatures were measured with 27 ther-
mocouples connected through a multiplexer to a digi-
tal multimeter (HP34401A) and a personal computer.
The temperatures were monitored and recorded after
steady- state conditions were reached. The flow rate,
inlet and outlet fAuid bulk temperatures, and electric
power input were also recorded. The local bulk mean
temperature of the fluid at the measuring section was
caleulated from the inlet temperature, flow rate and
power input, or from the inlet and outlet temperatures
using linear interpolation. The fluid enthalpy rise was
checked against the electric power input. The experi-
mental errors in the heat balance were less than 5%.

The bulk porosity of the porous medium (packed
bed) was computed for each run according to the fol-
lowing definition:

‘/IYMVT])
E = ——

v (1)

Where V), is the ratio of the measured weight of the
particles that occupy the test section to the density
and V} is the total porous channel volume.

Preliminary tests were performed for data calibra-
tion and error estimation. The errors in the tempera-
ture measurements were due to inaccuracies in the ini-
tial calibration of the thermocouple and the recorder
readings. The maximum error was within +0.2 °C for
the temperature measurement. The maximum errors
both in the flow rate and pressure drop across the test
section were less than 5 percent.

The local heat transfer coeflicient, h.., and Nusselt,
number, Nux, at each axial location were calculated
as
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h;:: = q:r/(Tm;lr - be) (2)
Nux = h,D./k; (3)

The mean heat transfer coefficient, h,,, and mean
Nusselt number, Nuypy,, in the plate channel were cal-
culated as

h"p. - q“//(Tlmu - Tfm.) (4)

1\]uIIl = hm,D(:/km. (5)

where q, = Q/Ajpated 1S the heat input per unit
area, @ is the power input, Ap..teq 15 the area of
the heated test section; D, = 2HW/(H + W) is the
hydraulic diameter, H and W are the channel height
_and width, respectively; ky is the thermal conductiv-
ity of the fluid evaluated at the local film temperature,
Thim = (Tre + Twa)/2, Tue is the local temperature
of the heat transfer surface calculated using the mea-
sured temperatures of the wall, Ty, is the local bulk
temperature of the fluid, T,,, is the mean temper-
ature of the heat transfer surface, Ty, is the mean
temperature of the fluid in the plate channel, and k,,
is the thermal conductivity of the fluid evaluated at
the mean temperature va,,,,.
The pressure drop was calculated as

AP = Pin. - -l)ml,t (6)
Where P, and P,,; are the pressures at the inlet and
outlet of the test section, respectively.

The Reynolds number was defined as

R(’I) = “’D{:/v‘ln (7)

where u is the velocity of the fluid at the inlet and v,,
is the kinematic viscosity of the fluid evaluated at the
mean Huid temperature.

Steady -state was said to be reached when the devi-
ations of the wall temperatures and the inlet and out-
let temperatures were all within +0.2°C for 10 min.
The experimental uncertainties in the Nusselt number,
mainly due to experimental errors in the heat balance,
temperature measurements and temperature calcula-
tions of the heat transfer surface, were estimated to
be +20%.

The experimental setup was evaluated by compar-
ing the results obtained for convective heat transfer in
a bare plate channel with established correlations as
proposed by Petukhov et al.?2] for turbulent flow and
by Gnielinskil?3 for transition flow. Fig.4 shows the
experimental results compared with the correlations
for various Reynolds numbers. The average difference
is £11%, while the maximum difference is +24%.
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Fig.4 Comparison of measurements with predictions
for bare plate channel

MATHEMATICAL FORMULATION AND
NUMERICAL METHOD

The physical model and the coordinate system are
shown in Fig.1. The model considers fluid flow and
convective heat transfer in a plate channel filled with
homogeneous, isotropic solid particles. The fluid is
single-phase and the flow is two—dimensional, steady,
non—-Darcian flow. Because only high Peclet number
flow is treated, longitudinal conduction in the fluid
and the pressure variation in y direction are negligibly
small.

The steady-state, two-dimensional governing equa-
tions for single-phase fluid flow in an isotropic, ho-
mogeneous porous medium based on the Brinkman-
Darcy-Forchheimer model and the thermal equilib-
rium assumption with consideration of variable ther-
mophysical properties, variable porosity and thermal
dispersion can be written in the following form[2°):

I(pseuy) + d(psevy) _
Oz By

0 (8)

I pseupuy) + B(psevpup) _ _9(ep)
oz Ay Oz

oty _piFy L 0 O
ey up € \/I_{!U,,|up+ay(eue By) (9)
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Apseuphy) | Hpsevphy)

oz dy
0 [(Am + Ag) Ohy
= | e 10
8y[ Cpf 8y ] ( )
h
/ preuydy = pough (11)
0

The corresponding boundary conditions are:

r=10,u,= up(y)v Up = U,,(y), Ty = Ty

y= O) Uy = VUp = 07 Qw = _)‘m.aT/ay

y=h,u, =v,=0,¢2 =0

Parameters used in Egs.(8)-(11) were obtained from
Jiang et al.'8], Cheng et al.?4! and Zehner and
Schlunder!2%):

_ 32 3 2y. — 3/2y.
K = d%e3/(150(1 — €)?); F = 1.75/(v/1506%/%);
Ad = 0.025(pcy) 5 d, |U, (1 = €);
£ = el +e~(i?l/dp) (0 <y<h/2),

e =co(l+e™ ¥/ hy (h/2 <y < h)

o fi-vime] + 2

s (o5) -5 ~ =)

B =125((1 — €)/e)'?; 0 = Ap/Ay;

In the momentum equation, Eq.{(9), the terms on
the left-hand side are the inertia terms. The terms on
the right--hand side are the pressure gradient term, the
Darcy term, the Forchheimer term and the Brinkman
term, respectively. When ¢ = 1,k is infinity and the
momentum equation describes Newtonian fluid in a
parallel plate channel without porous media. There-
fore, Eq.(9) is suitable for 0 < € < 1. The thermophys-
ical properties of water were obtained from Rivkin and
Aleksandrov(?®) in tabular form. The property values
used in the calculations were determined by second-
order interpolation relative to enthalpy.

The governing equations were solved numerically
using the finite difference method. With the appro-
priate dimensionless parameters, the governing equa-
tions, Eqs.(8)-(11), and the boundary conditions were
first transformed into dimensionless form. Then, the
dimensionless governing equations were discretized
using control volume integration. The solution for
Eqgs.(8)—(11) can march in the downstream direction,
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Jiang et al.l?%. Due to the no-slip boundary con-

ditions and variable porosity, steep velocity gradi-
ents were expected near the wall. Therefore, a non-
uniform grid was employed with 52 grid points normal
to the wall and 202 grid points in the axial direction.

The desired convective heat transfer parameters
were evaluated using Egs.(2)-(5). The pressure drop
was calculated as

N
Ap = ,pauﬁ
i=2

(Z) @), a2

RESULTS AND DISCUSSION

Local Wall Temperature

In micro-electronics and powerful lasers, devices
can be damaged by local high temperatures; there-
fore, the temperature distribution along the flow di-
rection of the test section is of practical interest in
design. Also, the local wall temperatures are needed
to calculate the local heat transfer coefficient. Fig.5
and Fig.6 present the local wall temperature distribu-
tion (measured 1 mm below the surface) as a function
of Reynolds number for d, = 0.355 ~0.5 mm and
d,, = 0.80 ~0.9 mm, respectively. The local wall tem-
perature increases in the axial direction and increases
with decreasing Reynolds number.
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Fig.5 Wall temperature distribution for porous
plate channel (d, = 0.355 ~ 0.5 mm,
stainless steel particles)
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Fig.6 Wall temperature distribution for porous
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HEAT TRANSFER ENHANCEMENT DUE
TO THE PARTICLES

Fig.7 and Fig.8 show the distribution of the local
Nusselt number for different Reynolds numbers for
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Fig.7 Comparison of measured local Nusselt numbers
for porous plate channel with bare plate
channe! predictions
(d, = 0.355 ~ 0.5 mm, stainless steel particles)
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Fig.8 Comparison of measured local Nusselt numbers
for porous plate channel with bare plate
chaunel predictions
{d, = 6.8 ~ 0.9 mm, cast iron particles)

d, = 0.355 ~ 0.5 mm and d, = 0.80 ~ 0.9 mm, re-
spectively. The local Nusselt number is increasing as
the Reynolds number increases. Large local convective
heat transfer coefficients can be obtained for relatively
low Reynolds numbers. To illustrate to how to trans-
fer along the plate channel, the results are compared
with the empty plate channel in Fig.7 and Fig.8 for
the local Nusselt number and in Fig.9 for the mean
Nusselt number.
the Nusselt number (up to 12 times), indicating that
the particles can be used as an effective method to en-
hance forced convective heat transfer. In addition, un-
der the conditions studied here, lowering the Reynolds
number increases the amount of enhancement. It can
also be seen from Fig.9 that the Nusselt number and
the heat transfer coefficient increase with decreasing
particle diameter (note that the thermal conductivity
of the cast iron particles with d,, = 0.80 ~0.9 mm is
larger than that of the stainless steel particles with
d, = 0.355 ~0.5 mm), which corresponds to the ex-
perimental results of Jeigarnik et al.l¥ and Nasr et
al. Ml

The packed bed greatly increases

Heat Transfer Coefficient and Effect of Ther-
mal Dispersion

The numerical results were checked in numer-
ous ways to verify the reliability of the physical-
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mathematical model. The solution procedures and
the numerical simulation program are described by
Jiang et al.??l, Because the thermophysical prop-
erties of water are nearly independent of pressures,
the values of the thermophysical properties of wa-
ter at p = 0.5 MPa were used in numerical calcu-
lations. The other conditions for the numerical so-
lutions were: M = 0.0154 ~0.194 kg/s; q1, ~ 10°
W/m?; d,, = 0.428 mm, ¢ = 0.365, k, = 16 W/(mK)
(for stainless steel particles); d, = 0.85, ¢ = 0.381,
k, = 30 W/(mK) (for cast iron particles); L = 58
mm; h = 5 mm.

A comparison of the numerically predicted and ex-
perimentally determined local convective heat transfer
coefficients in the porous plate channel is presented in
Fig.10 for stainless steel particles and in Fig.11 for cast
iron particles. Fig.9 shows a comparison of mean con-
vective heat transfer coefficicnts. Figs.10-11 show that
when thermal dispersion is not considered, the pre-
dicted heat transfer coefficients and Nusselt numbers
agree well with the experimental results. If thermal
dispersion is considered with ¢ = 0.025, the predicted
heat transfer coeflicients are much higher than the ex-
perimental results. These results differ from the case
for non-metallic porous media as discussed by Jiang et
al.1819] where the thermal dispersion effect must be
considered. The largest difference between the metal-
lic porous media and non-metallic porous media is the
different thermal conductivities of the packed beds.
For non-metallic packed beds, the stagrant effective
thermal conductivity of the fluid and porous media
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Fig.9 Comparison of measured mean Nusselt numbers
for porous plate channel with bare
plate channel correlations
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Fig.10 Comparison of measured and numerically
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Fig.11 Comparison of measured and numerically
simulated local heat transfer coeflicient
for porous plate channel (d, = 0.85 mm)

system calculated using the formula given in Section
3 for A,, is nearly the same as the thermal conduc-
tivity of the fluid, Ay. Since the thermal dispersion
increases the convective heat transfer, the additional



204

thermal conductivity resulting from the thermal dis-
persion must be included. But for metallic packed
beds, the stagnant effective thermal conductivity of
the fluid and porous media system calculated using
the formula given in Section 3 for A, is much higher
than the fluid thermal conductivity A¢. Therefore, in-
cluding the additional thermal conductivity resulting
from thermal dispersion )4 for metallic packed beds
overestimates the total convective heat transfer. This
conclusion is in agreement with Nasr et al.'!), The
thermal dispersion model needs further improvement
by comparing the numerical simulation results with
experimental data using a wide-range of porous me-
dia materials. The constant ¢ in the formula for the
stagnant effective thermal conductivity of the fluid
and porous media system may be not constant for
all porous media materials. The non-thermal equi-
librium model also needs further improvement to be
applicable to numerical simulation of convective heat
transfer in metallic packed beds. Research on these
two topics is currently in progress.

Effect of Particle Thermal conductivity and
Particle Diameter on Heat Transfer

Fig.12 and Fig.13 illustrate the numerical simula-
tion results showing the effect of particle diameter
and particle conductivity on heat transfer coefficient.
Increasing the thermal conductivity of the particles
causes the convective heat transfer coefficient to in-
crease. The experimental data shows that the heat
transfer coefficient increases with decreasing metallic
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Fig.12 Numerical simulation results for different
solid particle thermal conductivities
(dp = 0.428 mm, £ = 0.365)
1,2,3 M =0.1764 kg/s;
456 M = 0.0154 kg/s;
1,4 A, =50 W/(mK});
2,5  As =30 W/(mK);
3,6 A.=16 W/(mK)
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particle diameter as shown in Fig.9. But the numer-
ical simulation based on the thermal equilibrium as-
sumption and without consideration of thermal dis-
persion, Eqs.(8)-(11), for metallic porous media can
not accurately model the effect of particle diameter on
heat transfer as shown in Fig.9 and Fig.13. Therefore,
the well-established physico~mathematical model for
non-metallic porous media, Egs.(8)-(11), may be not
completely suitable for metallic packed beds. A nu-
merical model including the non-thermal equilibrium
model for metallic porous media (with high thermal
conductivity) needs to be developed.
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Fig.13 Numerical simulation results for different
solid particle diameters
(A« = 16 W/(mK), £ = 0.365)
1,2,3 M = 0.1764 kg/s; 4,5,6 M = 0.0154 kg/s;
1,4 d, =0.08 mm; 2,5 dp, = 0.428 mm;
3,6 dp=0.85 mm

Pressure Drop and Friction Factor
Fig.14 shows the pressure drop in the porous plate
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0.0 +—r——T—"1T—

—
0 1000 2000 %O()O 4000 3000

T T T T

Re,
Fig.14 Measured pressure drop as a function
of Reynolds number
1, % d, =0.355 ~ 0.5,
2,0 dp =0.8~09mm
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channel as a function of Reynolds number. The pressure
drop was greatly increased by the packed bed and increases
as the particle diameter decreases. Fig.15 compares the
friction factor, f., predicted by the numerical simu-
lation, the experimental data and the friction factor
equation given by Aerov and Tojecl?"):

e psd, Ap 364

, = = — 4045
fe 1-¢3G? L Re, +
(for  Re. < 2000) (13)
where G = pu is the mass flux per unit area and

Re, = 2Gd,/(3us(1 — €)) is the equivalent Reynolds
number. The numerically calculated values of f. agree
well with the experimental data for stainless steel par-
ticles (d, = 0.355 ~0.5 mm) and the values predicted
using Eq.(13).
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Fig.15 Friction factor in porous plate channel
1 numerical simulation;
2 calculation using Eq.(13);
® experimental results (d, = 0.428 mm)

CONCLUSION

Forced convective heat transfer in a plate channel
filled with metallic spherical particles was investigated
experimentally and numerically. The main results can
be summarized as:

(1) The packed bed greatly increases the Nusselt
number (up to 12 times), showing that the packed
metallic particles are an effective method for enhanc-
ing forced convective heat transfer. Smaller metallic
particle diameters and higher particle thermal conduc-
tivities result in larger convective heat transfer coef-
ficients. In addition, for the conditions studied here,
lower Reynolds numbers increased the degree of en-
hancement.
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(2) For metallic packed beds, the effect of ther-
mal dispersion need not be considered in the numeric
model. Including the additional thermal conductiv-
ity resulting from thermal dispersion )z for metallic
packed beds overestimates the convective heat trans-
fer. This conclusion differs from the model for non-
metallic packed beds.

(3) The pressure drop was greatly increased by the
packed bed. The pressure drop increased as the par-
ticle diameter decreased. The friction factor, f., can
be calculated using Eq.(13) and by the numeric simu-
lation.
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