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Abstract: This paper presents a satisfactory numerical strategy to reliably evaluate the three-dimensional
large-scale flow feature of multistage axial compressors in response to complex swirl distortion with acceptable
computational cost. Under the theoretical framework of the body force method, the guide vanes of a swirl
distortion generator and the multiple blade rows of a two-stage low-speed axial compressor are described by
distributed source terms instead of a complex body-fitted grid approach. The key flow structure of the paired
swirl generated by the swirl generator and the main distributions of flow angle at the rotor outlet of the first stage
captured by the model agree well with experimental results, demonstrating the effectiveness of the numerical
strategy. Additionally, the interaction process between the steady-state paired swirl and the compressor is clearly
revealed by the study. The intensity of the swirl distortion can be greatly reduced after passing through the axial
compressor. However, the swirl has a significant impact on the local blade loading of the first stage, which
induces the mass flux nonuniformity as well as total pressure and total temperature distortion. The combined total

pressure and total temperature distortion is significantly attenuated near tip and slightly enhanced near hub as it

moves through the second stage.
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1. Introduction

The problem of inlet-engine compatibility has been
one of the hot issues of research related to aero gas
turbine engines. Swirl distortion is becoming
increasingly important in the investigations on this
problem with the development of modern aircraft
propulsion systems. Numerous factors can cause swirl
distortion, such as serpentine inlet ducts, cross winds,
and ground vortices. To this end, the Society of
Automotive Engineers (SAE) S-16 Turbine Engine Inlet
Flow Distortion Committee has published a guideline for
addressing steady-state swirl distortion [1]. In the
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guideline, swirl distortion is subdivided into the
following four categories: (1) bulk swirl, (2)
tightly-wound vortices, (3) paired swirl, and (4)

cross-flow swirl. Among them, bulk swirl and paired
swirl are the most common types of swirl distortion.
There have been studies highlighting the generation
methods of swirl distortion during direct-connect tests for
compressors and engines. Gressler et al. earlier
investigated the use of turned vanes and delta wings to
produce certain strength of bulk swirl and paired swirl
[2]. Sheoran and Bouldin proposed a flexible and
adaptable swirl distortion generator based on the swirl
chamber concept [3, 4]. Moreover, they created a
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Nomenclature
E F, G inviscid fluxes t time/s
E,F, G, viscid fluxes T circular constant
r 0.z radialz circumferential and  axial Subscripts
coordinate/m
S Centrifugal and Coriolis source terms r,0,z radial, circumferential and axial direction
Sy blockage source terms Superscript
Sk blade force source terms T transposition

widely-recognized set of swirl distortion descriptors,
including swirl intensity (SI), swirl directivity (SD) and
swirl pairs (SP) [5]. Based on the concept of vane-based
generators, Hoopes and O'Brein established a novel
approach to generate swirl distortion [6]. The approach is
named as the StreamVane method. Unlike the previous
methods for generating generic swirl patterns, the method
can reproduce an arbitrary swirl profile. Guimaraes et al.
measured flow details from the StreamVane distortion
generator with particle image velocimetry [7]. They took
an in-depth look at turbulence structure and aerodynamic
scaling of the mean flow in the generated swirl distortion.
Frohnapfel et al. carried out experimental studies of fan
rotor effects on inlet swirl generated by the StreamVane
device, and their investigations revealed that small-scale
features of the distortion were less affected by the fan
rotor while large-scale ones were nearly eliminated [8].
More recently, Dong et al. experimentally investigated
the effectiveness of casing treatments on a low-speed
single-stage compressor with swirl distortion which was
generated by a set of plane guide vanes [9]. Overall, a
common method of generating swirl distortion in
experiments is arranging a certain number of guide vanes
with a specific layout in a hollow pipe.

In addition, considerable research efforts have been
devoted to the effects of swirl distortion on compression
system of engines. Pardo et al. [10] investigated the
effects of tightly-wound vortices on the performance of a
transonic compressor, using frozen rotor models. Yao [11]
and Fidalgo et al. [12] utilized full-annuals unsteady
Reynolds-averaged Navier-Stokes (RANS) simulations to
investigate total pressure distortion transfer in
compressors. The results showed that pressure-induced
swirl plays an important role in the physical process of
the distortion transfer across blade rows. Assuredly,
high-fidelity Computational Fluid Dynamics (CFD)
simulations provide in-depth understanding of flow
mechanisms occurring in the interaction between
complex swirl distortion and compressors. Nevertheless,
given the current computational resources, there is a
contradiction between high-fidelity simulations and fast
simulations. At this stage, the high computational costs
required for the high-fidelity CFD simulations make this
kind of method wunacceptable for the industrial

department to evaluate the tolerance of multistage
compressors to inlet distortion.

In practice, designers pay more attention to the
large-scale characteristics of complex inlet distortion
transfer in multistage compressors in the initial phase of
compressor design. Some research has been conducted
over the years to develop appropriate numerical strategies
that can quantify the large-scale features of complex
swirl distortion in multistage compressors with the
affordable computational costs. Cousins and Davis
introduced some extensions to the classical parallel
compressor model to perform the simulation of complex
distortion including swirl distortion in compressors [13,
14]. However, the effects of radial distortion cannot be
predicted with the theory of parallel compressor model in
essence. Complex swirl flow is often distorted along the
circumferential and radial directions, which is more
difficult to treat.

In recent decades, the technical concept of
three-dimensional (3-D) body force model has attracted
more interest. This kind of model focuses on the flow
phenomenon that the scale is much larger than the blade
pitch. The flow in each blade passage of turbomachinery
is averaged along the circumferential direction, and blade
force source terms are introduced to replace the effect of
blade surface. Previous studies have demonstrated the
ability of this model to simulate compressor response to
large-scale total pressure distortion [15—-18]. However,
limited effort has been devoted to extend and assess the
ability of the 3-D body force model to predict the effect
of complex swirl distortion, which requires a more
complete consideration of the correlation between the
blade force and the inlet flow direction.

Additionally, the numerical strategy for the
vane-based swirl distortion generators is also significant
for predicting the compressor response to the designative
swirl pattern. Ordinarily, swirl generator geometry
modeling and complex meshing generation are
challenging and time-consuming for regular CFD
simulations. In reality, immersed boundary method has
mathematically shown that the effect of any solid wall
immersed in fluid can be strictly equivalent to distributed
force sources [19]. Therefore, the aforementioned body
force model can be regarded as a simplified method of
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dimensionality reduction in turbomachinery flow by the
immersed boundary method. Inspired by the idea of the
immersed boundary method, an efficient mathematical
model is proposed to model vane-based swirl distortion
generators without detailed gridding of vanes in this
paper. To evaluate the applicability of a
previously-developed 3-D body force model [20] to
complex swirl distortion problem, the developed
mathematical model is further integrated into the 3-D
body force model to simulate the flow process of a
steady-state large-scale paired swirl distortion in a
two-stage low-speed axial compressor. Comparisons of
computed and experimental results are presented to
support the effectiveness of the aforementioned models.

In the following sections, we first make a brief
introduction to the test rig of the investigated compressor
for swirl distortion. Subsequently, the efficient
mathematical model for the vane-based swirl distortion
generator is established. The theoretical frame of the
previously-developed 3-D body force model is
reorganized and enriched for highlighting the correlation
between the blade force and the inlet flow direction.
Finally, the numerical simulation of the flow behavior in
the compressor with the paired swirl distortion is
performed. Discussions are presented to give further
insight into the interaction process between the
steady-state swirl distortion and the multistage
compressor.

2. Compressor Test Rig for Swirl Distortion

2.1 Test rig

A schematic view of the test rig is shown in Fig. 1. The
test rig mainly consists of a vane-based swirl distortion
generator and a low-speed axial compressor. The research
compressor has two stages without any inlet guide vanes.
The main design parameters are summarized in Table 1.

The swirl distortion generator integrated in the test rig

Vane-based swirl
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can produce different kinds of swirl distortion by installing
vanes in a certain layout. In this investigation, a large-scale
steady-state paired swirl is generated by two sets of vanes
with opposite stagger angle. Fig. 2 shows the layout of
guide vanes in the swirl distortion generator. A set of
straight vanes with positive stagger angle of 20° labeled as
A1-AS are utilized to produce co-swirl. Another set of
straight vanes with negative stagger angle of 20° labeled as
B1-B5 are wused to generate counter-swirl. The
circumferential interval between the vanes in the same
group is 22.5°. The two sets of vanes share same design
parameters, as detailed in Table 2.

2.2 Experiment measurement

In order to provide sufficient data for verifying the
reliability of the models, the flow characteristic of
compressor at 800 r/min is tested. Particularly, the flow
parameters on the sections A and B of the compressor
shown in Fig. 3(a) are measured in detail. The schematic
of the experimental measurement is shown in Fig. 3(b).
The section A is located about double diameter of the
pipe downstream the swirl distortion generator to obtain
the basically stable flow field formed by the upstream
swirl distortion generator. The section B is the outlet of
the first-stage rotor of the compressor.

The distributions of the flow parameters at different
circumferential points along the radial direction are
measuring via radial displacement mechanisms and
five-hole probes. In the section A, 12 radial displacement
mechanisms are arranged along the circumferential
direction to drive 12 L-shaped five-hole probes. In view
of the complicated spatial distribution characteristics of
the flow field of the swirl distortion, the swirl distortion
generator shown in Fig. 3(b) is driven by a stepping
motor and the transmission structure of worm geared and
rotated along the circumferential direction to precisely
measure the distribution of flow parameters. The
corresponding spatial locations of the swirl distortion

Inlet duct distortion generator
Air inlet l

—_ T ¥
L, a8 I LB
/A : /A

Exit duct
\ Air outlet
— 1 —
Butterfly throttle
Volute
Two-stage compressor
PP Power supply
' ' Dynamo
& Torquemeter
HhalS)

Fig.1 Schematic drawing of compressor test rig for swirl distortion
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Table 1 Design parameters of the compressor

Parameter Design value
Wheel speed/r-min* 1500
Outside diameter/mm 900
Mass flow/kg:s ™' 25
Total pressure ratio 1.035
Number of rotor blades (R1/R2) 19/22
Number of stator blades (S1/S2) 18/20
Hub-to-tip ratio 0.6
Tip clearance of the first-stage rotor/mm 1.5
Tip clearance of the second-stage rotor/mm 1.2
Blade type NACA-65-010
Al-AS
Axial
20°
’ (C)
/ )
-20°
i B1_BS Axial

Fig. 2 Layout of guide vanes in swirl distortion generator for
paired swirl

Swirl distortion generator

=
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generator and the five-hole probes are changed to
measure the flow parameters in more circumferential
points. In the specific measurement, the flow parameters
at 20 radial points are measured by the five-hole probe
combined with the radial displacement mechanism. The
minimum measuring radius of the inner ring is 75 mm
and the maximum measuring radius of the outer ring is
445 mm. At each radial position, the swirl distortion
generator rotates 6° each time and 5 times in total. Hence,
60 measuring points in a whole circumferential ring can
be obtained. The measuring method of the section B is
similar to that of the section A. The four-hole probe,
instead of the five-hole probe, is applied to adapt to the
small rotor-stator axial distance. The section B has 10
radial and 60 circumferential measuring points,
respectively. To enlarge the measuring range and improve
the accuracy, the pre-deflection angle is set when the
probe is installed in the section B.

Table 2 Design parameters of the vanes in the swirl distortion
generator

Parameter Design value
Vane height/mm 200
Vane chord length/mm 100
Vane bending angle/(°) 20
Inlet metal angle/(°) 10
Vane type NACA 65

| Four-hole probe L
Five-hole probe | 5
[A] [B]

I
|

|
|
|
|
|
|
|
T

Measuring points of section A

Measuring points of section B

(a) Measuring sections and points

% oy
Radial displacement mechanism g
control cabinet

Casing

Stepping motor L)

Stepping motor
control box

Worm gear

(b) Experimental measurement

Fig.3 Experimental rig of two-stage low speed axial flow compressor for swirl distortion
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3. Numerical Methodology

3.1 Vane-based swirl distortion generator

It is still a challenging and time-consuming task to
mesh the vane-based swirl distortion generator by using
the conventional CFD method. Inspired by the immersed
boundary method [19], the present study transforms
the guide vanes of swirl distortion generator into
distributed source terms in the flow equations, which
avoids the generation of complex mesh of the vane
geometry.

The grid of the computational domain constructed for
the swirl distortion generator is plotted in Fig. 4. The
main control equation adopted by the model is as
follows.

oU O(E-E,) 10(F-F,) 10r(G-G,)
ot 0oz r 00 r or (D
=S+Sp
where

U=[p pv. pvy pv, pe]'
T
Lov. p24p pvgv. pyv. v.(pe+p)]
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G= pPv,. PV, leer PV, +p vr(pe+p):|
E, =[0 !
v [ Toy T Ty T3V, + T20V0 + TyVe — qz]
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F,=[0 75, 99 Tp oV +TapVe+ 70V —dp]
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GV = [O T Tro T TiVz + Tr9Vo +7,v — qr] ( )
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where p is the density; v is the flow velocity; p is the
static pressure; F is the blade force of per unit volume of
airflow; 7 is the turbulent viscous stress; ¢ is the turbulent
heat flux, and e is the total energy of per unit mass of
airflow. The term e is defined as

e:Ll)+%(v§+v§+vrz) 3)

p(r-
where yis the specific heat ratio.

The turbulent stress and heat conduction are solved
based on the eddy viscosity hypothesis proposed by
Boussinesq. By analogy with the viscous flow law of the
laminar flow, the corresponding eddy viscosity
coefficient g4, turbulent thermal diffusivity 4, and
turbulent Prandtl number Pr; are defined to correlate
turbulent effect with mean flow. The specific expression
is shown in Eq. (4).
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where ¢, is the specific heat ratio of constant pressure
and T is the static temperature.

The source term S, only applied in the blue region in
Fig. 4, is employed instead of the geometry of the guide
vanes to simulate the turning effect of two sets of vanes
on the flow in the swirl distortion generator. Similar to
Marble’s analysis [21], the source terms are divided into
two parts: one is inviscid part, which is perpendicular to
the flow direction and responsible for flow turning; and
the other is viscid part, which represents the viscous
effect of vanes. For the straight vane, the radial force of
vane F, can be ignored, and only the circumferential
force Fy and axial force F, are simulated. Additionally,
due to the limited flow loss formed by the swirl distortion
generator, the viscous effect of the vanes is ignored. The
terms Fyand F, are carried out by Egs. (5)—(6).

Fyt = Fj +C (v = vy) (5)
F.=-F,~2 ©)
A%

V4
where n and n+1 represents the adjacent time intervals.
The term C is the artificial iteration constant to adjust the
stability and convergence speed of calculation.

As can be found in Eq. (5), the circumferential

velocity of the flow field will be consistent with the input

target

target circumferential velocity v, when the

calculation reaches to the final convergence. The velocity
v is determined by Eq. (7).

vy &=y, tan(k + ) 7
where x and ¢ are the geometric angle and deviation

angle of the blade, respectively. The initial value of ¢ can
be estimated by the Carters’ rule [22] and further
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Fig. 4 Computational mesh of vane swirl distortion generator

modified by the experimental data to obtain the
appropriate swirl distortion intensity.

3.2 Multiple blade rows of compressor

Guo and Hu [20] recently proposed a 3-D body force
model to investigate the response of multistage
axial-flow compressor to inlet total pressure distortion.
The present paper further evaluates the applicability of
the model to complex swirl distortion. The computational
mesh of the two-stage compressor is shown in Fig. 5.

The governing equations in the rotor/stator region of
the two-stage compressor are as follows:

E-E -
[£+Qiij+ab( v)+larb(G G,)

ot 00 0z r or ®)
=bS+S8, +bSy
where
b a T
s. =0 pZ2 0 pZ o0
b [ P% O P } )

Sp=[0 F. F, F Fr|

where b is the blade blockage coefficient to reflect the
influence of the blade finite thickness and defined as:

b=Nl0, -6,/2n (10)

where N is the number of blades, and m is circular
constant. The terms 6, and 6, are the circumferential
coordinate system of the pressure surface and suction
surface of the blade, respectively.

The common assumption of such models [17, 18] is
that the flow in the rotor passages is locally axisymmetric
in the relative coordinate system and the flow in the
stator passages is locally axisymmetric in the absolute
coordinate system. The term (20/06 is introduced

when the time term of the rotor region is transformed

from the relative coordinate system to the absolute
coordinate system. The detail derivation is given in Ref.
[17]. When there exits circumferential distortion in the
inlet flow, it can represent the side flow effect caused by
the blade rotation observed in the absolute coordinate
system of the rotor passages while the blade rotation
angular velocity £2in the stator passages is taken as 0.

The distributed body force in Sr is utilized to replace
the effect of blade geometry on the flow. The unknown
term can be written as

Fb:[Fz FH Fr]T (11)

The term is the blade force source term. The core
modeling method is to associate the source term with the
local flow state to realize the response of the source term
to the upstream inlet disturbance.

The blade force is divided into the inviscid force ¢ and
viscous force f. The viscous force, reverse and parallel to
the direction of relative velocity w, is mainly for
simulating the flow loss caused by the blade boundary
layer.

fZ vZ

fo |==L{ vy -r (12)
w

/, v,

The local viscous force f is calculated by the loss
coefficient @ in the basic flow passage.

V. As
f:PTVmE
_r
@ 1—(1+72_1Ma§1j D 13)
As=-RIn|1- -
(77217, )
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(¢) Circumferential view

Fig. 5 Computational mesh of two-stage low speed axial compressor

where w is the relative velocity; v, is the meridional
velocity; As is the entropy increase in the basic passage;
Am is the length of the basic meridional passage; R is the
gas constant, and Ma, is the relative Mach number at the
inlet of the rotor passages. The terms T :,1 and T :,2

represent the relative total temperature at the inlet and
outlet of the rotor passages, respectively. The terms Ma,,
£
T rl »
stator passages.
The inviscid force, perpendicular to the relative flow
direction, is applied to control the flow direction.

q)zvz+¢0(vt9_gr)+¢rvr =0 (14)
The circumferential component of the inviscid force

@p 1s obtained from the steady-state circumferential
momentum equation of the target circumferential

and T :’2 become absolute parameters for the

target

velocity v,"*" . The radial inviscid force is associated

with the mean cambered surface in the 3-D blade, as

presented in Eq. (15).

! ab(pvzv;arget _
:F — = —

Po 0= /o b o

V= rrH)

T0 )

target

1 orb ( PVy
+ JR—
br or

r r ( 1 5)

(vg“get) =Qr—v, tan(k +05)
rotor

target ) _
% =vy_tan(xk+06
( ¢ stator " ( )

_ Polty

. =
ny

where n, and ny are the normal vectors of middle
cambered surface in the blade along the radial and
circumferential direction, respectively. Thus, the blade

forces in three dimensions can be determined by
combining Eqs. (12)—(15) when the deviation angle & and
loss coefficient w of the blade are known.

A large tangential velocity is at the inlet of the blade
passage when there exits the swirl flow. This may lead to
changes in the inlet velocity triangles and then affect the
incidence and Mach number at the inlet of the blade
passage, as shown in Fig. 6. Following the throughflow
theory of turbomachines, the model relates the blade
characteristics, the deviation angle and loss coefficient, to
the incidence and inlet Mach number, which fully
represents the effect of the inlet swirl flow on the
distribution of blade loading. The deviation angle and
loss coefficient are divided into several parts, as given in
Eq. (16).

{5=5ref+5off+63D (16)

T=W e + D ofr + @3p

The terms J. and wys are the reference part
corresponding to the reference incidence. The
determination of these parameters mainly refers to the
correlation of Lieblein [23]. The terms &p and wsp,
based on the models developed by Roberts [24],
Lakshminarayana [25], Howell [26], and Banjac [27], are
utilized for simulating the influence of tip clearance and
secondary flow. The terms &y and w.g are the
non-reference parts and determined by the method of
Creveling [27]:

o,

off — f|: i_iref :|
iref +Ki _(aref +K0) iref +Ki _(5ref +K0)

Dol — f(Ma,h)
(l - iref )

In particular, the source term of blade force not only
depends on the deviation angle and loss coefficient but
also is closely coupled with the local instantaneous flow
parameters. The effect of the 3-D geometry of the blade

an
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is fully considered. Hence, the 3-D nonlinear
characteristics of the distorted flow in the compressor can
be well reflected.

co-swirl—=p| Ma| counter-swirl—41 Ma?

swirl

. Camber line
|
I
|
|

a Trailing edge

1
]
1 Ko

0 .
z Streamline

Fig. 6 Inlet velocity triangle of blade passage with swirl

It needs to be emphasized again that both the
mathematical model for the swirl distortion generator and
the body force model for multistage compressors are
based on the basic idea of immersion boundary method
to some extent. Comparatively, the blade force modeling
method of the swirl distortion generator is more general
but introduces the coefficient requiring artificial
adjustment. Whereas the local dimension reduction is
carried out in the 3-D body force model for the
axisymmetric layout of the turbomachinery.

3.3 Discrete method for governing equations

The element centered finite volume method is applied
to discretize the control equations of the foregoing
models. The time term is explicitly promoted by the
four-step Runge-Kutta method [28]. This method enables
to eliminate the high-frequency errors and improve the
stability of the calculation. For the steady calculation, the
local time step Af can be taken as the adjacent time step
to further accelerate the convergence of the flow solution.
The low-diffusion flux-splitting scheme (LDFSS) [29]
proposed by Edwards is employed to deal with the
inviscid flux. The monotone upstream-centered scheme
for conservation laws (MUSCL) [30] and minmod limiter
are utilized to achieve the guaranteed monotony and
second-order accuracy. The LDFSS divides the inviscid
flux into the convective flux term and pressure flux term

J. Therm. Sci., Vol.30, No.4, 2021

for solution respectively, which has high resolution of
shock wave and contact discontinuity.

The viscous fluxes are determined by the eddy
viscosity coefficient g4, turbulent thermal diffusivity £,
and partial derivatives of the related flow parameters.
The model focuses on the characteristics of the
large-scale flow in the main flow region but not on the
small-scale viscous flow in the near wall region. The wall
boundary of the hub and shroud is treated as an inviscid
slip boundary to avoid solving the small-scale viscous
flow in the near wall region and further accelerate the
calculation. The eddy viscosity coefficient z4 is carried
out by a simple semi empirical method proposed by
Gallimore [31]. The value of the criterion number
L/ pv.Leer 1s pre-determined in the flow field. The term
L.s is the characteristic length of the compressor. The
local value of g4 is then obtained according to the local
instantaneous flow parameters. The turbulent Prandtl
number Pr, in the flow field is set to 0.9 in advance and
combines with the local value of z4 to gain the local
turbulent thermal diffusivity £.

4. Results and Discussion

4.1 Flow downstream of vane-based swirl generator

A set of swirl indexes proposed by Bouldin and
Shearan [5] are adopted to conduct comprehensive
quantitative analysis for the steady-state swirl distortion
upstream of the compressor. The swirl indexes include
the swirl intensity index SI, swirl direction index SD, and
swirl pair index SP, as follows:

J, a(0)do+|[ a(0)as)

SI= O (18)
360
o [, a(0)do+| a(6)do )
[, @(0)d0+[[, «(6)a¢]
. J,-@(0)d0+[, «(0)a¢] "

2x mawa a(0)dof, a(e)deﬂ

where a(6) is the circumferential distribution of the
absolute flow angle at equal radius. The definitions of "
and & are illustrated in Fig. 7.

Fig. 8 displays a comparison of the contours of the
absolute circumferential flow angle on the section A
obtained by the model and experimental result. Fig. 9
plots the quantitative comparisons of the radial
distributions of SI, SD, and SP between the calculated
and the experimental results. As can be found from these
comparisons, the numerical method based on the source
term can quickly and reasonably reproduce the twin swirl
generated by the swirl distortion generator in the
experimental conditions. It also can be seen from Fig. 9,
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Fig. 7 Typical distribution of the absolute flow angle at equal radius
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Fig. 8 Contours of absolute circumferential flow angle on section A
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Fig. 9 Comparisons of radial distributions of swirl indexes

the SI decreases first and then increases along the radius,
while the SD basically remains around 0 and the SP is
always close to 1.

4.2 Transfer behavior of paired swirl in compressor

The flow characteristics of the two-stage compressor
in the condition of the paired swirl distortion are obtained

through the 3-D body force model. Table 3 presents the
comparison between the simulated and experimental
results of the overall characteristics for the studied
operating point, which is in good agreement.

Figs. 10 and 11 compare the computed distributions of
the absolute and relative circumferential flow angles at
the rotor outlet of the first stage (i.e. the section B) with
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the experimental results. It can be seen that the key flow
features captured by the body force model are basically
similar to the experimental results. Although the
maximum region (red region) of the absolute flow angle
calculated by the model is larger than that measured in
the experiment, this can be narrowed by improving the
deviation angle and loss model based on in-house
empiricism and expertise. The results indicate that the
blade force model effectively loads the turning effect of
the blade row on the local flow under the swirl distortion.
Therefore, it is believed that the body force model has
sufficient potential to quantify the large-scale
characteristics of the paired swirl distortion in the
compressor.

Fig. 12 gives the contours of the absolute flow angle
and dimensionless axial mass flux at the first stage inlet.
The absolute flow angle at the rotor inlet of the first stage

Table 3 Overall characteristics of the studied operating point
with paired swirl distortion

Flow Total-static

coefficient pressure rise Efficiency
Calculation 0.819 0.913 0.874
Experiment 0.792+0.003 0.903+0.004 0.876+0.006

a/deg
40
38
36
34
33
31
29
27
25
23
22
20
18
16

(a) Experimental results

J. Therm. Sci., Vol.30, No.4, 2021

has great nonuniformity along the radial and
circumferential directions. The value reaches the extreme
value in the near end wall. The flow tends to enter axially
in the middle of the blade. It indicates that the maximum
swirl intensity of the twin swirl is near the end wall and
the minimum is in the middle of the blade. Furthermore,
it can be found that the direction of the absolute flow
angle in the upper and lower near end wall at the same
circumferential position is opposite, which is a typical
feature of the paired swirl distortion [1]. Additionally,
stronger suction effect of the rotor passages within a
region of co-swirl on the upstream flow is obtained
resulting in a larger inlet mass flux while the inlet mass
flux of the blade passages within a region of
counter-swirl is relatively small.

Fig. 13 reports the contours of the dimensionless total
pressure and total temperature at the first stage outlet.
The total pressure and total temperature distortion are
observed during the transfer process of the paired swirl
distortion in the first stage. It is generally known that the
blade loading mainly depends on the inlet mass flux
(axial velocity) and the swirl (tangential velocity).
Comparing Fig. 12 with Fig. 13, we can find that the
swirl of the first stage inlet plays a major role for the

(b) Calculated results

Fig. 10 Distributions of absolute flow angle on section B

(a) Experimental results

(b) Calculated results

Fig. 11 Distributions of relative flow angle on section B
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variation of the rotor local operating condition. The
upstream counter-swirl increases the amount of local
work input to the flow by the rotor while the upstream
co-swirl reduces the work input provided by the rotor.
Fig. 14 presents the contours of the absolute flow angle
and the dimensionless mass flux at the second stage inlet.
It can be seen that the swirl intensity is greatly reduced

(a) Absolute flow angle

Efficient Modeling of an Axial Compressor with Swirl Distortion 1431

after the rectification of the first-stage stator and the flow
direction at different positions, especially near the tip, is
close to the axial direction. Hence, the blade loading of
the second stage is mainly determined by the inlet mass
flux, which is different from the first stage. Moreover, the
nonuniformity of the mass flux induced by the swirl
distortion at the compressor inlet still exists.

(PV-)nom

0.90
0.88
0.86
0.84
0.82
0.80
0.78
0.76
0.74

(b) Dimensionless mass flux

Fig. 12 Contours of absolute flow angle and dimensionless mass flux at first stage inlet

i
Prom

1.20
1.16
1.12
1.08
1.04
1.00
0.96
0.93
0.89
0.85
0.81
0.77
0.73

(a) Total pressure contour

(b) Total temperature contour

Fig. 13 Contours of dimensionless total pressure and total temperature at first stage outlet
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S I OIS
LMoo NR ==

(a) Absolute flow angle

(PVnom

0.92
0.89
0.86
0.84
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0.73
0.70

(b) Dimensionless mass flux

Fig. 14 Contours of absolute flow angle and dimensionless mass flux at second stage inlet
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Fig. 15 Radial distributions of distortion intensity at each stage outlet

Fig. 15 displays the radial distributions of the total
pressure and total temperature distortion intensity at each
stage outlet. The terms Dp* and D,. are defined as

follows:
D.= P — Plow
P T
P 1)
p, -~ tmen T
T T*

where p* and T" are the circumferential average total

pressure and total temperature on a certain radius,

respectively. The term pl*ow represents the average total

pressure of the region below the value of p* . The term

Th*igh is the average total temperature of the region

above the value of 7" . As can be found, different
transfer features of the total pressure and total
temperature distortion induced by the first stage are
obtained at different heights of the second stage.
Comparing Fig. 13 with Fig. 14, the high total pressure
region near the tip of the second stage inlet has the larger
inlet mass flow and thus the work capacity of the rotor
passages in this region is reduced. By the contrast, the
low total pressure region has the smaller mass flow and
the work capacity of the rotor passages in the
corresponding region is enhanced. Finally, the combined
distortion is significantly attenuated near tip as it passes
through the second stage. Although the distribution of the
mass flow near the hub region of the second stage inlet is
similar to that near the tip, the sensitiveness of the rotor
work capacity to the variation of the inlet mass flow is

decreased due to the lower rotor rim speed near hub.
Besides, there is still about 4° of negative swirl in the
high total pressure region near hub, which increases the
work capacity of rotor passages in the region. Thus the
distortion intensity is slightly enhanced at the hub of the
second stage outlet. The above phenomenon reveals the
complex 3-D characteristics of the interaction process
between swirl distortion and multistage axial-flow
COMPIessors.

In order to further quantify the transfer process of
swirl distortion in the two-stage compressor, Fig. 16
reveals the axial distributions of the swirl distortion
intensity Dg at different span in the compressor. The term
Ds, on the basis of Eq. (18), further includes the effect of
the circumferential nonuniformity of the absolute flow
angle as shown in Eq. (22).

360° _
[ |a(6)-alde
Dy = (22)
360°

e IR\ W I O A A
[ [Nearmidspan| P! |

B R R (R e
: : b

0 n n n n I L . L 1 L L s n n n n P
0 0.2 0.4 0.6 0.8 1.0

Normalizedaxialposition

Fig. 16 Axial distributions of swirl distortion intensity at
different span in compressor
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(a) Relative flow angle

(b) Absolute flow angle

Fig. 17 Contours of flow angle at rotor outlet of second stage

where o(6) is the distribution of the absolute flow angle
along the circumference at a certain blade height and &
is the average value of the absolute flow angle along the
circumference at that blade height.

It can be observed that the variations of the swirl
distortion intensity at different span along the axial flow
of the compressor are basically consistent. The mixing
flow in the circumferential direction occurs upstream the
compressor resulting in the decrease of the swirl
distortion intensity. The intensity decreases when passing
through the passages of the first-stage rotor and stator.
After passing through the second-stage rotor, the intensity
slightly increases. Ultimately the intensity almost reduces
to O through the rectification of the second-stage stator.
The reason for the enhancement of the intensity in the
passages of the second-stage rotor is that the flow at the
second stage inlet basically tends to enter axially while
the axial velocity is still not uniform (see Fig. 14). It can
be seen from Fig. 17(a) that the distribution of the
relative flow angle g is relatively uniform after the
second-stage rotor. The quantitative relationship between
the relative and absolute flow angles is shown in Eq. (23).
The nonuniform distribution of the axial velocity results
in the increase of the distortion of the absolute flow angle,
as displayed in Fig. 17(b).

U= _ U _ana (23)
v

z z

tan f =
v

5. Conclusions

Following the idea of the body force method, a
mathematical model is developed to efficiently simulate
the vane-based swirl distortion generator through
distributed source terms. The internal flow characteristics
of a two-stage low-speed axial compressor with paired
swirl distortion are analyzed by combining the established
mathematical model with a previously-developed 3-D
body force model. The typical flow structure of the
paired swirl generated by the swirl generator and the
main distributions of the flow angle at the rotor outlet of

the first stage captured by the model agree well with
experimental results. Only a few hours are required
during the whole calculation. It reveals that the model
can quickly and reasonably reproduce the key flow
feature of the paired swirl and quantify the large-scale
characteristics of the paired swirl distortion in the flow
process of the compressor.

The numerical results show that the intensity of the
swirl distortion can be greatly reduced after passing
through the whole compressor due to the rectifying effect
of the stator row. However, the swirl induces the
nonuniform distribution of the axial velocity as well as
total pressure and total temperature distortion by leading
to the variation of local blade loading of the first-stage
rotor. Through the action of the second stage, the induced
total pressure and total temperature distortion is
significantly attenuated near tip and slightly enhanced
near hub.

In general, the present study has constructed a
satisfactory numerical strategy for compressor designers
to reliably evaluate the 3-D flow behavior of multistage
axial compressors in response to complex swirl distortion
with acceptable calculation expense, which has certain
engineering application value.
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