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Abstract Efficiency improvement in piston pumps
and motors is a major task in pump development. Just
a small improvement in efficiency can have a signif-
icant financial impact, particularly on large manufac-
turing plants employing many large-power pumps. Ac-
cording to the bibliography, effort has been concen-
trated in studding slipper swash plate leakage, forces,
torques and slipper dynamics, but less attention has
been given to the understanding the barrel dynamics
and the inherent clearance between the barrel and the
port plate. This paper clarifies the understanding of the
complex barrel dynamics, pointing out how barrel-port
plate film thickness depends on oil pressure and tem-
perature. The paper demonstrates that mixed lubrica-
tion exist between the barrel face and the port plate un-
der some of the conditions studied, proving that elas-
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tic metal to metal forces play an important role when
studding barrel dynamics. According to the authors,
more effort should be considered into properly design-
ing the barrel sliding surface since both volumetric and
mechanical efficiencies are very much dependent on
this design. Fluid used hydraulic oil ISO 32.
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Nomenclature
A0 metal to metal contact area between the

barrel and the port plate (m2)

B barrel damping coefficient (Nm/rad s−1)

E Young modulus (N/m2)

Ff orces torque created due to friction (Nm)
ho barrel-port plate central clearance (m)
I barrel moment of inertia, versus a generic

angle (kg m2)

K spring torsional constant acting over the
barrel (Nm)

L0 port plate width (m)
MEF elastic metal to metal torque (Nm)
ME elastic metal to metal torque constant (Nm)
MX fluid generated torque versus the barrel X

axis (Nm)
MY fluid generated torque versus the barrel Y

axis (Nm)
pext pump inlet (tank) pressure (N/m2)

pint pump outlet pressure (N/m2)

r barrel central radius (m)
rint internal radius of the main groove (m)
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rext external radius of the main groove (m)
rint2 internal land inner radius (m)
rext2 external land outer radius (m)
rmext external land average radius, between rext

and rext2 (m)
rmint internal land average radius, between rint and

rint2 (m)
Rint internal radius of the timing groove (m)
Rext external radius of the timing groove (m)
Rmint timing groove internal land average radius,

between rint2 and Rint (m)
Rmext timing groove external land average radius,

between rext2 and Rext (m)
rm; Rm average radius between land borders (m)
α barrel maximum tilt angle (rad)
η barrel tilt angle perpendicular to Y axis (rad)
η0 barrel initial angular position, perpendicular

to Y axis (rad)
ηL maximum barrel tilt angle perpendicular to Y

axis for a given working conditions (rad)
δ barrel tilt angle perpendicular to X axis (rad)
δ0 barrel initial angular position, perpendicular

to X axis (rad)
δL maximum barrel tilt angle perpendicular to X

axis for a given working conditions (rad)
�L decrease in length due to compression forces

(m)
γ timing groove angle (rad)
μ fluid dynamic viscosity (Kg/(m s))
θ barrel main groove angle, versus the

maximum tilt axis (rad)
ω barrel angular velocity (rad/s)

1 Introduction

Axial piston pumps barrels, experience small oscil-
lations due to the forces acting over them. Cavita-
tion also occurs in many cases, sometimes damaging
the plate and barrel sliding surfaces and therefore re-
ducing the overall efficiency of the pump. Nowadays
must also be considered that, the resulting failure of
the pump is often a critical issue in modern indus-
trial applications. The barrel complex fluctuation will
be in the present work experimentally evaluated and
the clearance between barrel plate and port plate will
be analyzed. The present paper demonstrates the im-
portance of properly designing the barrel-plate sliding
surface, since pump efficiency is highly dependent on

it. Some of the most relevant research related to pis-
ton pump barrel dynamics and leakage barrel-plate are
next outlined.

From all the studies undertook in the past nearly
40 years, it can be stated that the performance of si-
lencing grooves used in axial piston pumps barrel-
port plate sliding surfaces and considering their ef-
fect on pressure ripple, leakage, noise generation, dy-
namic forces and torques acting over the barrel-port
plate, was studied among others by [1–10]. The clear-
ance and leakage between the barrel and port plate has
been studied experimentally by [11–14], analytical re-
search in this area has been presented in [5, 14–24],
particularly innovative CFD research which included
pressure distribution, thermal effects and the effect of
micro structured wave surface in the barrel-port plate
sliding surface has been undertaken by [25–29]. The
piston pressure-flow dynamics was presented in [4, 22,
30–37], torques and forces acting on the swash plate
were studied in [10, 21, 32–35, 38–43], friction bar-
rel plate was analysed by [12, 26, 29, 44, 45]. Despite
the amount of papers published on axial piston pumps
and the huge knowledge gathered, it appears there is
still further research to be done in order to better un-
derstand the barrel-port plate film thickness and the
barrel dynamics associated. This paper considers these
issues with the intention of establishing more detailed
experimental data and validation of design equations
that may be used to improve axial piston pumps over-
all efficiency.

2 Experimental test rig and measuring procedure

Figures 1 and 2 present the pump used for the exper-
imentation; it is a nine piston axial design being its
maximum volumetric displacement of 24.1 cc/rev and
giving a maximum flow of about 35 l/min at its max-
imum swash plate angle of 20°. Figure 1(a) presents
the pump internal view, in Fig. 1(b) it is seen the pump
external view and the position of the transducers used,
Fig. 1(c) presents the pump cross section where two
of the three position transducers used to perform the
measurements are to be seen. Pump axis, pump spring,
swash plate and the bearings located at both axis ends
are also presented in Fig. 1(c). Figure 1(d) defines the
axes used to measure the exact position of the trans-
ducers presented in Fig. 1(b), also the pump rotational
speed direction is given in the same Fig. 1(d). The
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Fig. 1 Pump under study and location of the three displacement transducers

lower dash circle presented in this figure represents the
pump inlet, the upper one represents the pump outlet
and the big central one is approximately the diameter
where the position transducers were located. On the
pump port plate, Fig. 1(b), three Micro-Epsilon un-
shielded inductive position transducers, model NCDT
3010 were allocated, the maximum measuring range
for each transducer was of 0.5 mm and each of them
was capable of measuring to an accuracy of 0.1 μm.
Such transducers offer a unique thermal stability of
0.05% FSO, being its temperature operation range of
−50 to 150°C. The exact position of the transducers

related to the XY axis represented in Fig. 1(d) was:

Transducer 1: X1 = 47.96 mm, Y1 = 0.285 mm

Transducer 2: X2 = 33.68 mm

Y2 = 34.155 mm

Transducer 3: X3 = −39.93 mm

Y3 = −27.34 mm

The transducers were calibrated one by one in a
specific calibration test rig. Transducer’s calibration
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Fig. 2 Pump under study internal view

showed an excellent linearity, the calibration equation
of each transducer being:

Transducer 1; d1 = 0.0487399V + 0.0296410 mm

Transducer 2; d2 = 0.0452037V + 0.0328352 mm

Transducer 3; d3 = 0.0476972V + 0.0322051 mm

where V is the measured voltage [V] and di is the dis-
tance [mm].

After being calibrated, the transducers were screw-
ed into the fixed port plate and facing the inner part
of the pump, the rotating barrel. To find the trans-
ducers zero position, the port plate with the transduc-
ers inserted in it was placed over an aluminium plate
perfectly flat, the readings given by the transducers

when facing such plate gave the transducers zero po-
sition. Once having done it, the next step was to fix
the port plate to the pump. Due to the preferred op-
eration of each transducer, which needs to point at
a non magnetic material, a thin aluminium plate was
bonded to the barrel end, as shown in Figs. 1(c), 2(a)
and 2(b). In order to show more precisely the mod-
ifications made on the barrel, Fig. 2 has been intro-
duced. Figure 2(a) presents the axial piston pump bar-
rel with the aluminium ring inserted on it. Figure 2(b)
shows the frontal view of the aluminium disk used.
Figure 2(c) presents the pump internal view, where
the pump axis, swash plate and the so called by the
manufacturer, hydrobearing, used to maintain the bar-
rel aligned with the pump axis, are to be seen. It is
to be noticed that the barrel external diameter turns
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around the static hydrobearing fixed to the pump case;
the clearance between them is, according to the manu-
facturer of around 10 μm being the static hydrobearing
part, made of a plastic material similar to PTFE. Such
a pump design, assures that once the barrel is inserted
into the pump, the barrel can only be tilted a fraction of
a degree versus its central position. Figure 2(d) intro-
duces a three dimensional view of the barrel, where the
barrel spring, aluminium disk and barrel hydrobearing
are to be seen. The barrel and port plate are made of
cast iron and the sliding surfaces are carbonitrided to
a typical depth of 10 μm. The sliding surfaces rough-
ness is of 0.4Ra.

The static run-out of the aluminium plate was of 7
microns, the average distance between the barrel face
and the aluminium disk being 0.286 mm as indicated
in Fig. 1(c). Two sets of test were undertaken, at swash
plate angles of 10° and 20°, and for each case two oil
temperatures 28°C and 45°C were studied. At each
test, measurements were taken at pressures of 2.5, 5,
7.5, 10, 12.5, 15, 17.5, 19.5 MPa. Since the pump
used has a pressure compensating unit, the maximum
available pressure for the tests performed at 10 de-
grees swash plate angle and 45°C oil temperatures was
15 MPa. The measurements presented in the follow-
ing sections, shows that the barrel position fluctuates,
being the fluctuation highly dependent on pump inlet
pressure and oil temperature. For the purpose of per-
formance analysis the temporal barrel position and the
barrel-plate oil film thickness will be expressed as a
temporal average. The fluid used to perform the exper-
iments was hydraulic oil ISO 32, being its main phys-
ical characteristics fully defined in the ISO standards.

3 Results

The measurements are divided into three parts; first
some typical main sine waves measured by transduc-
ers T1, T2 and T3 will be presented, then, it will be in-
troduced, the average distance between the port plate
and the barrel aluminium disk, and finally analysis will
be concentrated into understanding a second and much
smaller amplitude fluctuation wave, which is sitting on
the top of the main wave.

3.1 Main wave measured by the transducers

Figure 3, presents some measured results for the three
transducers and for a pump outlet pressure of 10 MPa.

Fig. 3 Position fluctuation measured from transducers T1,
T2, T3. Pump pressure 10 MPa. 20° swash plate angle and 45°C

This figure just presents the dynamic wave amplitude
versus its central (x) axis, without considering the
transducers zero positioning. The first think to notice
is that there is a main sine wave and some fluctuations
sitting on the top of it, which will be called the fluctua-
tion wave. The main wave sine wave frequency, when
considering the pump rotational speed of 1440 rpm is
24 Hz, the oscillation period being of 0.0416 seconds.
This period is of course fixed for all the tests under-
taken. The wave peak-to-peak amplitude is mostly due
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to the barrel run out, which was measured to be 7 mi-
crons. It has to be noticed nevertheless, that the peak-
to-peak found during experimentation was not con-
stant and varied between 7 and 12 microns, depending
on the pressure and the position of the transducer. An
analysis of these variations is necessary; both for the
main wave and the fluctuation wave, the present paper
will focus on the fluctuation wave. Recall that trans-
ducer 1 always gives the maximum fluctuation wave
amplitude.

3.2 Average distance between the port plate/barrel
aluminium disc

Since the rotating aluminium measuring face has a
run-out of 7 microns, the barrel/plate gap distance
measured is changing over time. Therefore, the aver-
age distance is determined from a minimum of 20000
measurements for each position transducer location af-
ter taken into account each transducers initial position.
It will be noticed that at some points, the average dis-
tances are smaller than the real average distance be-
tween the barrel face and the barrel aluminium disk,
which is of 0.286 mm. This is due to the transducers
being located outside the barrel sliding surface exter-
nal diameter, see Fig. 1, where the tilt effect is more
clearly noticeable. Also the pump plate has some small
erosion due to metal-to-metal contact between the bar-
rel and the plate and this erosion varies between 0 and
4 microns. A photograph of the plate inside face is pre-
sented in Fig. 4, showing several surface roughness
graphs measured at different points located around
port plate surface. Notice that erosion of around 4 mi-
crons is found in the area located between 45° and
225° anticlockwise from the position of transducer 1
shown in Fig. 4, in particular in positions 4 to 8. This
clearly indicates that plastic metal to metal contact has
occurred in this area. Similar erosion to the one pre-
sented in Fig. 4 was also found in the barrel sliding
surface.

Figure 5 presents a typical graph showing the
dynamic distance variation between the barrel alu-
minium disk and port plate, as measured by the three
position transducers. The 7 micron peak-to-peak fluc-
tuation can clearly be seen, although this value is not
constant and varies for each transducer and with pump
output pressure and oil temperature. It is necessary
to consider that the barrel aluminium plate has a static
run-out of 7 microns and therefore, the main wave am-
plitude is mostly due to the barrel dynamic run-out. It

is relevant to point out that transducer 1 always gives
the minimum barrel/port plate distance, transducer 2
gives the maximum distance, and more clearly at high
temperatures. Transducer 3 presents a distance which
is smaller than transducer 2, but the phase given by
transducer 3 is displaced about 180° with respect to
the phase presented by transducer 2. Since transducers
2 and 3 are respectively on the upper and lower part of
the plate, and separated nearly 180°, such phase dif-
ference had to be expected. Transducers 1 and 2, have
nearly the same phase, since they are close to each
other. In most of the cases studied, the main wave am-
plitude from transducers 2 and 3, was bigger than the
one given by transducer 1, indicating that a barrel os-
cillation exist about the X axis.

As a result of the previous explanation, the barrel
position and film thickness need to be studied as a
temporal average. From Fig. 5, it is also noticed, es-
pecially at high pressures, that a second fluctuation
appears superimposed on the first one. This second
fluctuation has been called in the previous section, the
fluctuation wave, and it is directly related with the bar-
rel vibration frequencies. Such a fluctuation is more
relevant from transducer 1 and especially at high pres-
sures and high temperatures, indicating that the torque
fluctuation origin has to be along the X axis. Figure 5
shows that the average distance between the barrel alu-
minium plate and the port plate tends to slightly de-
crease as pressure increases.

In Fig. 6 the measured average distance between
the barrel aluminium plate and port plate is shown as a
function of pressure, temperature and swash plate an-
gle. It is clearly noticed that as pressure increases, the
average distance slightly decreases and therefore the
average film thickness will be decreasing with pres-
sure. It is also noticed that such a decrease is less than
12 microns and is higher at 20° swash plate angle than
at 10° degrees swash plate angle. When comparing
Figs. 6a, b, it is noticeable that at high temperatures,
the film thickness decrease with pressure increase, is
slightly higher (about 6 microns) than at low temper-
atures, yet the film thickness is considerably higher at
low temperatures than at high ones. These results in-
dicate that the maximum average film thickness is in
general to be found around the axis position Y+, then
transducer 2 always gives the higher value.

Figure 4 demonstrates that around the area where
transducer 2 is located, the metal-to-metal contact is
not very significant since the surface is slightly eroded.
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Fig. 4 Port plate face surface direct measurements

This indicates that the oil film thickness at this point is
generally sufficient to prevent plastic metal-to-metal
contact.

According to Fig. 6a the average film thickness de-
pendency on swash plate angle is negligible at high

temperatures. Figure 6b shows that at low pressures,
low temperatures and low swash plate angles, trans-
ducer 3 is likely to give higher values than transducer
2, producing a shift in the position of the maximum
film thickness, as it is reported in Fig. 7.
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Fig. 5 Typical measured distance between the barrel plate alu-
minium disk and the port plate. Swash plate angle 20 degrees,
28°C (a) 2.5 MPa; (b) 17.5 MPa

It can be concluded that in general the film thick-
ness around the pump outlet kidney port is higher than
the film thickness around the tank kidney port. When
oil temperature, swash plate angles and pressure are
small, the film thickness maximum position suffers a
small displacement versus its generic position.

If the average values of the three transducers are un-
derstood as the average clearance measured between
the aluminium plate and the port plate internal face,
and assuming the three points as belonging to a plane,
the rest of the average points around the barrel can be
calculated

The equation of a plane given three points takes the
form, aX + bY + cZ + d = 0. Where the constants
a, b, c and d , have to be calculated from the X,Y,Z

position of the three given points, using (1).

⎡
⎣

x − x1 y − y1 z − z1

x − x2 y − y2 z − z2

x − x3 y − y3 z − z3

⎤
⎦ = 0; (1)

where (x1, y1); (x2, y2); (x3, y3); are the three posi-
tion points where the transducers are located, values
presented in Sect. 2. The dimensions z1, z2, z3, are

the average distances between the port plate face and
the barrel aluminium disk face, measured by the three
transducers and presented in Fig. 6. The average po-
sition of any point in the same plane or in a parallel
plane can easily be determined; therefore the location
of the points where maximum and minimum average
film thickness exists can be determined.

Figure 7 shows the general shape of the average
film thickness at the barrel external land central di-
ameter 2rmext , and for two different swash plate an-
gles, 10° and 20°, two different oil temperatures, 28°C
and 45°C and two pump output pressures, 2.5 and
12.5 MPa. It is necessary to consider that, port plate
and barrel sliding surfaces are eroded, then, metal to
metal contact will in fact appear for a film thickness
of less than −4 μm, therefore, the values in Fig. 7
smaller than −4 μm, represents elastic and probably
plastic metal to metal contact between the barrel face
and the port plate surface. According to Fig. 7, just for
high temperatures and high pressures, a very narrow
area of the port plate will be in contact with the bar-
rel and as it will be seen in Sect. 4, the elastic torque
generated due to the contact is just a fraction of the
pressure generated torque.

From Fig. 7, it is seen that at low pressures and
low temperatures, the effect of the swash plate angle,
slightly modifies the average film thickness. However
as temperature increases, and/or pressure increases,
the swash plate angle has no appreciable effect on the
oil average film thickness. In both cases, at both low
and high pressures, the predominant effect on the av-
erage film thickness variation is the oil temperature;
as the fluid temperature increases, the film thickness
decreases. Also when comparing Figs. 7a with b it is
noticed that as pressure increases, the film thickness
tends to slightly decrease. It must be pointed out that
under some of the conditions studied, metal-to-metal
contact exists and therefore mixed lubrication is of-
ten present. It needs to be considered that, according
to Fig. 4 and due to the port plate erosion, the barrel
can easily enter over 4 μm inside the port plate with-
out having metal to metal contact. Mixed lubrication is
more severe for high pressures and high oil tempera-
tures. Figure 7 also shows, that the position of the max-
imum average film thickness for this particular pump
is to be found at 120° clockwise versus the X+ axis,
see Fig. 1, and this maximum film thickness position
remains constant for nearly all the test performed. At
low pressures, low swash plate angles and low temper-
atures a shift in the average maximum film thickness
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Fig. 6 Average measured transducers position for 10° and 20° swash plate angle. (a) Oil temperature 45°C. (b) Oil temperature 28°C

location is being encountered. For such cases the max-
imum position is found at 140° clockwise versus the
X+ axis, see Fig. 1d.

3.3 Barrel dynamics, fluctuation wave

Figure 8 shows the fluctuation wave superimposed on
the sinusoidal main wave. These graphs have been ob-
tained via subtracting the sinusoidal main waves due
mostly to the disk runout, from the overall waves mea-
sured for each case. An example of such overall waves
is to be found in Figs. 3 and 5. As already explained,
the fluctuation wave measured by transducer 1 is much
higher than the one measured by other transducers.
This happens under all conditions studied.

From Fig. 8 transducer 1, it can be seen that at
5 MPa. The fluctuation is sharp and irregular, it can
not be seen any pattern, its peak to peak amplitude is

about 1.75 microns and the frequency oscillates be-
tween 190 and 1000 Hz.

At 15 MPa, transducer 1, the fluctuation shape has
a clear pattern, which is similar to the theoretical one
presented in [14], also Yamaguchi [11] found a simi-
lar trend. In fact, as pressure increases the experimen-
tal signal increases its similarity with the theoretical
wave defined in [14]. There are three peaks appearing
between the small and main peaks, its origin will be
studied in the next section. The maximum amplitude
found is around 3 microns, the frequencies range be-
tween 200 and 1100 Hz.

Transducer 2 follows the same trend as transducer
1, since it is located nearby; transducer 3 produces a
more random frequency wave, then its location is on
the opposite site of the port plate.

Although all graphs at different pressures are not
presented in this paper, when studying the evolution of
the fluctuation peaks with pressure, it is found that as
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Fig. 7 Average calculated film thickness at two swash plate angles of 10° and 20°, oil temperatures, 28°C, 45°C, pressures,
(a) 2.5 MPa, (b) 12.5 MPa

pressure increases the fluctuation wave amplitude in-
creases, the decrease of oil temperature and or swash
plate angle produces a decrease on the fluctuation
wave amplitude, but the trend remains the same as the
one presented in Fig. 8. Notice as well that in all cases
studied, the minimum oscillation frequency appearing
is about 200 Hz. A frequency of 216 Hz corresponds
to the torque created by each piston when entering in
contact with the timing groove and leaving the pres-
sure kidney port, Bergada et al. [14]. This explains
why transducer 1 is always giving a clearer pattern
than the other two transducers, then transducer 1 is
located nearby the timing groove. Under most of the
conditions studied, and more especially at high pres-
sures, a high frequency of around 1100 Hz appears
and is believed to be due to the metal-to-metal con-

tact between the barrel face and the port plate. In fact,
this frequency is believed to be the number of metal
to metal contacts the barrel face and the swash plate
are having per second, as it will be clarified in the next
section.

4 Barrel dynamics

The fundamental independent dynamic equations over
the X and Y barrel axes were derived in [14]. Such
equations relate the input torques MX ; MY ; due to the
pressure distribution acting over the barrel to the barrel
inertia, damping coefficient, spring constant and bar-
rel/port plate friction. However, as shown in Fig. 4,
the port plate suffers elastic and plastic deformation.
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Fig. 8 Position fluctuation from transducers 1, 2, 3. 5, 15 MPa, oil temperature 45°C, 20° swash plate angle

Therefore, in order to consider metal-to-metal elastic
torque, which constant is ME , a new term has been
included in the previous barrel dynamic model, the
barrel modified dynamic equations are summarised as
(2), (3).

Ix δ̈ + Bxδ̇ + Kx(δ − δ0) + Ff orcesx · sign(δ̇)

+
ME︷ ︸︸ ︷

EA0

L0
r2 max(|δ| − δL;0) = MX (2)

Iyη̈ + Byη̇ + Ky(η − η0) + Ff orcesy · sign(η̇)

+
ME︷ ︸︸ ︷

EA0

L0
r2 max(|η| − ηL;0) = MY (3)

To develop the metal to metal elastic torque, the fol-

lowing procedure has been used.

The force F exerted by the material when com-

pressed or stretched by �L and as a function of the
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Fig. 9 Calculated input torques MX , pump output pressures (a) 15 MPa, (b) 17.5 MPa

original length L0, contact area A0 and the bulk mod-
ulus E is:

F = EA0�L

L0
(4)

The distance the barrel enters into the port plate can
be given as: �L = rδ. Taking into account that metal
to metal contact appears just when the tilt is higher
than the maximum angular value in which still does
not exist metal to metal contact δL, then:

�L = r(|δ| − δL) (5)

|δ| is the angular value calculated with simulink, the
absolute value considers that metal to metal contact
can exist in both axis directions. If the angular distance
displaced by the barrel is smaller than δL, there will
not exist metal to metal contact, and this is expressed
as:

�L = r max(|δ| − δL;0) (6)

Finally, the torque created by the elastic forces will be:

MEF = EA0

L0
r2 max(|δ| − δL;0) (7)

The damping coefficient for the barrel piston assem-
bly may be considered small, but it is highly depen-
dent on oil temperature. Elastic metal to metal forces
exist between the barrel face and the port plate; they
act in opposite direction than the input torque and de-
pend on the Young modulus, the area of contact and
the distance the barrel penetrates into the plate. Al-
though such elastic forces can in general be considered
small when studying the barrel X, Y axis acceleration,
they play a relevant role regarding the barrel dynamics.

The torsional spring constant created by the pump axis
and spring, although difficult to accurately determine,
has to play an important role when studying the barrel
dynamics, the spring located at the bottom of the bar-
rel, for this particular pump is 22.5 mm long, being its
constant of 134.8 N/mm. Inertia effects will also need
to be considered. Since the moment of inertia changes
as the barrel rotates, the barrel plus pistons moment
of inertia will be time dependent, although negligible
in this example. The peak to peak variation is around
0.5% of the mean values Ix = Iy = 0.0127 kg m2. The
input torques, MX , MY , were developed in [14] and
the MX equations for the main pressure groove and
the timing groove are presented in Appendix. These
torques act as inputs and are generated as data files to
allow a dynamic solution via the MATLAB Simulink
package.

Since this section is focused on understanding the
origin of the barrel high frequency fluctuations, just
the dominant fluctuation torque about the Y axis will
be considered. Then as previously explained, the ori-
gin of the fluctuation wave is to be found along the
X axis. Figure 9 presents three input perturbation
torques using equations (A.1), (A.2) MX , generated
along the X axis, for two different pump output pres-
sures, 15 and 17.5 MPa. The process of calculation
of this torque was fully explained in [14] and due to
its complexity shall not be repeated here. Introducing
these torques as inputs, several dynamic barrel fluctua-
tions as a function of the damping coefficient B , spring
torsional constant K and the elastic metal-to-metal re-
action torque constant ME were found and presented
in Fig. 10. Despite the fact that for the present simula-
tion, the metal-to-metal friction torque has been con-
sidered negligible, since the objective was to study the
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(a) 15 MPa, K = 6 × 105 Nm, B = 35 Nm s/rad, ME = 0 Nm

(b) 15 MPa, K = 6 × 105 Nm, B = 35 Nm s/rad, ME = 1.68 × 105 Nm

(c) 15 MPa, K = 6 × 105 Nm, B = 35 Nm s/rad, ME = 5.6 × 105 Nm

Fig. 10 Fluctuation wave simulation results

effect of elastic forces, it has been found that the in-
clusion of such torque produces a similar effect than
the elastic torque. Both enhance the fluctuation wave
peaks amplitude. From these results it is noticed that if
the spring torsional constant is big enough, the barrel
will be able to follow the input torque generated by the
pump. In fact, the metal-to-metal elastic forces play a
decisive role when studding the barrel dynamics, as it
is seen from Figs. 10a, b, c. Notice that, the simulated
results shown in Fig. 10, resembles very closely the
experimental ones presented in Fig. 8. It is therefore
demonstrated that the frequencies of around 1100 Hz,
are in fact appearing when the pump barrel has a very
high stiffness, and able to follow the small torque per-
turbations created by the pump along the X axis. Such
large stiffness appears at high pressures and high tem-
peratures showing that under these conditions the bar-
rel response is very fast. It is demonstrated that when
the elastic torque is considered, the fluctuation peaks
amplitude increase, Fig. 10b, c, clearly showing that
elastic metal to metal forces need to be considered
when aiming to understand the full barrel dynamics. In
reality, elastic barrel/port plate forces can be quite dif-
ferent in time, since the metal-to-metal forces depend
on the random contact between surfaces. This explains
why the measured frequencies of the fluctuation peaks
are not constant, although vary around 1100 Hz.

5 Conclusions

Barrel/port plate average film thickness and barrel dy-
namics have been experimentally evaluated for a range
of operating conditions.

Average film thickness decreases mostly with the
increase of the oil temperature, and has a smaller
decrease with the increase of pump outlet pressure.
Therefore at low pressures and low temperatures the
average film thickness is at its maximum. As pressure
and temperature increases, film thickness decreases,
and mixed lubrication it is expected in most of the
barrel/port plate surface. The barrel then undergoes a
wobbling motion.

The swash plate angle variation has a small effect
on the average film thickness; nevertheless it has been
found that at small swash plate angles, the average film
thickness slightly increases.

The average film thickness around the pump outlet
kidney port is thicker than the film thickness around
the tank kidney port for nearly all conditions studied.
The maximum film thickness for this particular pump
is located around 120 degrees anticlockwise from the
(X+) axis for most of the cases studied.

Due to the barrel aluminium measuring plate run-
out, the position measured by the transducers presents
a sinusoidal-type variation with a frequency of 24 Hz.
In addition, a fluctuating component was found to be
sitting onto the main wave. The displacement fluctu-
ating wave has two main peaks, a small one related
to the torque created when each piston enters in con-
tact with the timing groove, and a main one created
when each piston leaves the pressure kidney port. This
occurs at a frequency of 216 Hz, that is, pump speed
multiplied by the number of pistons. Along with the
main fluctuation component, a second component oc-
curs at a frequency around 1000–1100 Hz. This second
component is more clearly seen when the system stiff-
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ness is high, system stiffness depending on the pump
spring constant, pump central axis constant, and elas-
tic/plastic metal-to-metal reaction forces.

As pressure increases, film thickness decreases,
metal-to-metal contact increases and the fluctuating
wave small perturbation peaks are more evident. The
damping coefficient plays an important role regarding
the barrel dynamics since as temperature increases,
the damping coefficient decreases, allowing the bar-
rel to move more freely. This is why at high tempera-
tures and high pressures the fluctuation wave is more
clearly seen. The elastic/plastic metal-to-metal forces,
enhances the fluctuating wave peaks increasing their
amplitude.

Appendix

The fluid-derived MX torque generated by the pres-
sure distribution between the barrel and port plate are
derived in detail in [14]. The resulting equations are as
follows:

(i) due to the main groove (pressure groove).

MX =
∫ θj

−θi

3μωαrmint sin2 θdθ

(h0 + αrmint cos θ)3

×
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(A.1)

(ii) due to the timing groove

MXsg = pext

3
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(A.2)

The independent mechanical dynamic equation
over the X barrel axis, presented in Sect. 4, has
as input the calculated torque MX given by the
equations just introduced.
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