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Preface

The global issue on energy and environment became a serious as concern for
sustainable and reliable supply of energy sources will not affect the environmental
sustainability. Issues related to the application of the heating, ventilating, and air-
conditioning (HVAC) system to maintain the environment or space consumed sizable
amount of energy and contributed to the stress of energy supply and environment
stability. Hence, development of energy-efficient HVAC technologies is a constant
challenge.

There are different HVAC technologies which depend to the application and
energy source. There are on-going researches and development efforts on the refine-
ment of different HVAC technologies to make it energy-efficient and reliable. Devel-
opment of new materials, working fluids, and hybrid system has become some of
the directions of the advancement of the HVAC engineering. Hence, some of these
systems are now the subject of intense research and development effort.

The variable refrigerant flow (VRF) system is one of the HVAC systems with
intense effort of research and development. The VRF system can be classified as
single-loop (simple) and multi-loop (complex) which are the two common systems
available in the field. There are commercialized VRF systems, systems under testing
and trials, systems under laboratory evaluation, and systems under basic research.
Hence, the VRF system is one of the important topics for HVAC engineering.

The editors are thankful to the invited experts for their contributed article in
this book. Despite their very busy schedule with several commitment, they are still
motivated to contribute a chapter with their expertise. The editors are also thankful
to the reviewers for their untiring support for the evaluation of the book. The editors
are also thankful to the publishers for giving us opportunity for the publication of
this book. The editors are also thankful to our family for the full support for making
this book possible.

Iligan, Philippines Napoleon Enteria
Tsukuba, Japan Takao Sawachi
Tokyo, Japan Kiyoshi Saito
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Chapter 1 ®)
Trends in Variable Refrigerant Flow oo
Systems

Napoleon Enteria, Takao Sawachi, and Kiyoshi Saito

1.1 Introduction

The design, selection and installation of the heating, ventilating and air-conditioning
(HVAC) systems are important considerations when evaluating how to meet the need
for indoor thermal comfort, air quality and energy efficiency [1-3]. Normally, HVAC
systems are required to operate based on both fresh outdoor air and recirculated air
according to a certain ratio to produce an acceptable temperature, humidity, and
air content (e.g., biological, chemical) [4, 5]. The processing of recirculated air is
economical, as the temperature and humidity of this air are almost the same as that
of the indoor environment. However, it is detrimental to indoor air quality since
the air’s bio-chemical content levels are also almost the same as those of the indoor
environment. Meanwhile, processing pure outdoor air is an energy-intensive process,
as the differences between the above-mentioned parameters are expected to be high
[6, 7]. However, there are solutions involving recirculating indoor air using different
devices to maintain a required air quality level. For instance, the application of UV
lights and TiO, enable the recirculation of indoor air, though certain precautionary
measures must be taken [8].

A viable variable refrigerant flow (VRF) system utilizes a working fluid called
refrigerant to transfer heat between its two heat exchangers. A compressor (which
is coupled either to an electric motor or fuel engine) drives the compressor to move
the refrigerant [9]. An electronic-controlled valve and the speed of the compressor
control the flow of the refrigerant and pressures. This ensures that the refrigerant
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passing through the evaporator is purely a liquid-phase refrigerant [10]. The VRF
system is an efficient HVAC system, as it operates based on the required indoor condi-
tions, even with varying outdoor conditions. Hence, the VRF system is a dynamic
and versatile HVAC system [11, 12]. As such, VRF systems are applied in dynamic
indoor and outdoor operational conditions [13].

1.2 Variable Refrigerant Flow (VRF) System

The VRF system is a heat pump by which heat is transferred from a source to a
sink using a refrigerant. The actual VRF system composes different components to
function in real operational conditions [14]. A VRF system can have either multiple
heat sources or heat sinks, depending on the intended application. The simplest VRF
system has a single heat source and heat sink, while a complex VRF system has
multiple heat sources and heat sinks [15]. A real system can have either multiple
indoor units as a heat source or heat sink and a single outdoor unit to serve as either a
heat source or heat sink. The multiple-compressor system is normally applied to pair
the multiple indoor units to make the system efficient in real operational conditions
[16-19]. Today, with complex applications of VRF systems, multiple indoor units,
outdoor units, compressors, and sources of heat need to be installed in buildings that
demand better thermal comfort, air quality and energy efficiency [20].

Different types of VRF systems are being installed in different buildings to meet
the requirements for indoor thermal comfort and air quality. Recent developments in
VREF systems transfer indoor heat to another indoor environment for heating require-
ments instead of transferring it outside [21]. Another innovation in VRF systems is
its coupling for domestic hot water production [22, 23]. This is like the heat pump
water dispenser concept in which the condenser is intended for hot water produc-
tion while the evaporator is used for cooled water production. One of the problems
of typical VRF systems during winter or heating operations is the accumulation of
solidified moisture in the fins of the outside unit. Hence, the development of the frost-
free VRF system contributed substantially to the continuous operation of the VRF
system during the heating operation [24, 25]. VRF system operation under dynamic
conditions was further improved by the development of an optimized VRF system
with a variable speed and multiple compressors, which exhibit an exceptionally high
coefficient of performance [26].

1.3 Applications

The maintenance of indoor spaces—for example, residential houses, offices, stores,
banks, sports facilities, and transportation terminals—with reliable and safe air
quality and thermal comfort at any hour and under any weather conditions is an
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indispensable but energy-intensive operation [1, 27-29]. The installation of effi-
cient and dynamic HVAC systems that can support the required indoor environment,
even when outdoor conditions change, is essential for this situation [1-3]. The VRF
system is one HVAC system whose operation is intended to be controlled for dynamic
applications. The installation of VRF systems in different indoor spaces is already
established in developed countries [30]. It is expected that these systems will also be
gradually promoted in developing countries.

In hot and/or humid countries, such as those in the Middle East and South and
Southeast Asia, the demand for comfortable indoor spaces is very high. The improper
installation, maintenance and operation of air-conditioning systems can cause a build-
up of indoor pollutants, which is detrimental to occupants [31]. Split-type VRF
systems are widely installed in houses and small buildings; these systems separate
the outdoor unit from the indoor unit [32]. Multi-split VRF systems can support
large thermal load requirements if their design and thermal load calculations are
done properly [33]. Simple split (or multi-split) VRF systems are typically installed
in residential buildings where land and space are limited, such as in highly urbanized
centers [34, 35]. Window-type systems can also be installed as long as there is a
space for the exhaust air from the outdoor heat exchanger to be properly disposed of.

VREF systems are often installed in large office buildings that contain multiple
rooms that serve different purposes at different times [36]. In such cases, the installed
VREF system is expected to provide the required indoor thermal comfort efficiently
[37-39]. For commercial or industrial buildings with different indoor thermal require-
ments, a VRF system that can simultaneously provide heating and cooling in different
indoor spaces can be installed [40]. The most important feature of any VRF system
is its capability to meet the needed indoor thermal and air quality requirements of
the different parts of the buildings in the most energy-efficient operational condi-
tions [41]. Commercial buildings that have different types of establishments require
HVAC systems are needed that can meet the needed indoor thermal comfort and air
quality requirements. Hence, the choice of a VRF system is important to providing
the needed conditions.

The installation of VRF systems in industrial buildings and manufacturing estab-
lishments is needed, as these systems can provide the needed indoor environmental
conditions [42-44]. For processing plants that require both heating and cooling, the
application of VRF systems is cost-effective [45-47]. In manufacturing plants in
which ingredients, processing, equipment and instruments need controlled environ-
mental conditions, the installation of VRF systems can assuredly provide the required
environmental conditions. Moreover, for safekeeping buildings, such as museums,
libraries, and banks, the installation of VRF systems is important for maintaining the
required indoor environmental conditions.
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1.4 Conclusions

VREF systems are becoming widely applied in many countries, as they can meet the
required indoor thermal comfort and air-quality requirements in a highly energy-
efficient manner, as these systems’ operation depends on both indoor and outdoor
requirements. As the requirements for indoor environment, control systems, elec-
trical systems, mechanical systems, and so on continue to advance in terms of
technological innovation due to the progress in fundamental sciences, continuous
research and development efforts to improve VRF systems are needed to make the
system more energy-efficient, compact, dynamic, and inexpensive to maintain in the
changing world. Moreover, a system that can integrate different built environment
instrumentations, controls and add-on devices is needed.
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Chapter 2 ®)
Evaluating the Ignition Hazard e
of Alternative Refrigerants for Variable
Refrigerant Flow Systems

Tomohiko Imamura

2.1 Introduction

Chlorofluorocarbons (CFCs) and hydrochlorofluorocarbons (HCFCs), which contain
chlorine atoms, have been used as refrigerants. However, their use is restricted
to prevent damage to the environment. Therefore, CFCs and HCFCs are increas-
ingly being replaced by hydrofluorocarbons (HFCs) because they exhibit no ozone-
depleting potential (ODP). However, most HFCs can promote global warming.
Extreme weather events and disasters caused by global warming have caused
considerable damage to life and property. Thus, reducing HFC emissions is critical
because of its high global warming potential (GWP). Next-generation alternative
refrigerants, such as difluoromethane (R32: CH,F,), 2,3,3,3-tetrafluoroprop-1-ene
(R1234yf:CH,=CFCF3), and (E)-1,3,3,3-tetrafluoroprop-1-ene (R1234ze(E): trans-
CF;CH=CHF), with zero ODP and low GWP have been investigated, and several
equipment containing these refrigerants have been commercialized in Japan.
Although these alternative refrigerants exhibit a degree of flammability, their risk
is lower than that of flammable gases classified as A3 by ASHRAE classification
[1]. Therefore, evaluation of the physical hazards resulting from fire and explosion
accidents because of the flammability of these alternative refrigerants is critical. The
combustion and ignition behaviors, such as flammability limits, minimum ignition
energies, burning velocities, and quenching distances, of these alternatives have been
investigated [2—-6]. In particular, to use these alternative refrigerants in air condi-
tioning systems, including room air conditioners (RACs) and variable refrigerant
flow (VRF), their classification should be reconsidered, and their standards should be
relaxed for foreseeable actual handling situations and occasional accident scenarios
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based on the academic knowledge obtained from the aforementioned fundamental
investigations.

In this chapter, the physical hazards of these alternative refrigerants are described.
First, the fundamentals of the combustion characteristics of these alternative refrig-
erants, especially those related to hazard evaluation, are introduced. Next, some
examples of physical hazard evaluations on these alternative refrigerants assuming
actual accident scenarios are introduced in detail. Finally, the future scope of devel-
oping next-generation refrigerants to prevent global warming is discussed, followed
by summarization.

2.2 Fundamentals of Combustion Characteristics
of Alternative Refrigerants

2.2.1 Evaluating the Physical Hazard Because of Fire
and Explosion

Ignition is the oxidation reaction between the fuels and oxidizers. Therefore, ignition
occurs when fuel, oxidizer, and sufficient energy meet at the same time and position.
For example, ignition occurs when sufficient energy from an open flame is supplied
to a flammable mixture consisting of fuel and an oxidizer with a suitable composition
for activating the chemical oxidization reaction. Sparking because of the shortage of
electrical circuits in the vicinity of leaked fuel gas from pipes may also result in igni-
tion. Therefore, understanding the critical conditions governing ignition occurrence
is crucial for preventing fire and explosion accidents.

Ignition occurrence essentially depends on the balance between heat generation
and heat loss. Heat generation is mainly caused by chemical reactions that originate
from the flammable mixture and energy supply from the outside of the system,
such as spark discharge, open flame, and hot surface. Ignition theories such as the
thermal ignition theory (relating to the autoignition of premixed gases), branching
chain reaction theory, and piloted ignition of premixed gases have been investigated
[7-13].

Some representative and useful methods exist for evaluating physical hazards [14].
For example, the flammable range (lower flammable limit [LFL]), upper flammable
limit [UFL], stoichiometry), minimum ignition energy (MIE), quenching distance,
minimum oxygen concentration, autoignition temperature, and K ; value are typically
used for risk management of energetic materials, and their measurement methods
have also been developed.

For example, the well-known measurement method for the flammability limit
is designated in ASTM E681 [15]. The apparatus consisted of a 5-L sphere glass
test vessel, an insulated chamber equipped with a source of controlled-temperature
air, an ignition device with an appropriate power supply, a magnetic stirrer, and a
cover equipped with the necessary operating connections and components. In ASTM



2 Evaluating the Ignition Hazard of Alternative Refrigerants for Variable ... 9

E681, 12-L glass sphere flasks are used for materials with large quenching distances,
which may be difficult to ignite. In this method, the less-distinct flammability limits
of these materials require specific criteria for flame propagation. Flame propagation
is defined as flames that have spread upward and outward to the walls of the flask and
are continuous along an arc that is greater than that subtended by an angle of 90°,
as measured from the point of ignition to the walls of the flask. Other methods, such
as EN1839 [16], ASTM E 918 [17], and ASTM E 2079 [18], have been proposed to
test the flammability limit.

ASTME 582 [19] is the best-known method for measuring the MIE and quenching
distances. This standard is based on the Bureau of Mines procedures [20, 21] to
determine the MIE and quenching distances of gases and vapors. In this apparatus,
a 1-L stainless steel sphere with capacitive discharge between the flanged electrodes
is used.

Mallard and Le Chatelier [22] developed a method for measuring the autoigni-
tion temperature of gases. They used an evacuated, heated vessel into which a pre-
measured quantity of a gas mixture was suddenly admitted. The heated tube test
method can be used for the accurate determination of the induction period. In this
test, pure fuel and oxidizer gases are introduced into two separate heated tubes [23].
The gases emerge into a cavity that is at a temperature same as the preheating temper-
ature of the supply tubes. Griffiths et al. [24] developed a modern variant of the heated
flask test used by Mallard and Le Chatelier with several improvements, such as a
magnetic stirrer in the flask. Sage and Weinberg [25] developed an innovative test in
which a flow-through vessel is used with two heaters, namely a main pre-heat heater
and a secondary supplement heater. The gas mixture is preheated to a temperature
below its Auto-ignition temperature (AIT). Next, various temperatures of the supple-
ment heater are used, and the AIT is determined by extrapolation. The values of the
fundamental characteristics of representative refrigerants are listed in Table 2.1. A
detailed description of the flammability of alternative refrigerants and the various
influences of ambient conditions are provided in the literature [26-28].

2.2.2 C(lassification of the Alternative Refrigerant
Jrom Flammability

According to ISO/IEC Guide 51 [36], the physical risk is defined as the product
of the occurrence probability of an accident and its hazard degrees. The physical
risk for the practical use of the alternative refrigerant is governed by a combination
of whether the flammable mixture of the alternative refrigerant and air is formed
and then ignited by some ignitable source and human or physical damage it causes.
The ignition probability is governed by whether the concentration of the alternative
refrigerant in the air is within the flammable range and whether the energy supplied
by the ignition source candidate is sufficient for ignition. The human or physical
hazards caused by combustion are evaluated by burning velocity, combustion heat,
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K values, peak overpressure of blast waves, and impulse. Table 2.2 lists the pres-
sure damage thresholds for the buildings [37]. Therefore, the quantitative evaluation
of both ignitability and hazard degrees, especially based on the actual conceivable
situation, is crucial. In the aforementioned discussion, the considerations for classi-
fying the alternative refrigerants based on the combustion characteristics have been
made, and the standards of ANSI/ASHRAE Standard 34-2010 [1] and ISO 817
(Designation and Safety Classification) [38] have been issued. In these standards,
refrigerants are classified into three categories (A1-A3) based on the LFL, combus-
tion heat, and burning velocity, as listed in Table 2.3. In particular, some refrigerants
in which the burning velocity is slower than 10 cm/s, even the A2 (low flammable)
class, are classified in the A2L class (mildly flammable), which indicates specif-
ically low flammability in the A2 class. Thus, the A2L class corresponds to the
lowest flammability classes in ISO 817 and ASHRAE 34. In response to these stan-
dards, the relaxation of the allowable charge of the A2L refrigerant has progressed in
several standards, such as ISO 5149 [39] and IEC-60335-2-40 [40]. In Japan, R32,
R1234yf, and R1234ze(E) were classified as special inert gases designated in the
Refrigerant Safety Regulation under the High-Pressure Gas Safety Act in 2016. In
2021, the amendment was adopted along ISO 817.

Table 2.2 List of the pressure damage thresholds for buildings [37]

Pressure (kPa) Damage description

3.5-7 Small and large windows usually shattered

7-15 Wood and aluminum panels fasteners fall; panels buckle or blow out
15-20 Unreinforced concrete and cinderblock walls shattered

20 Steel frame buildings distorted and pulled away from foundations
20-28 Self-framing steel panel building demolished

35-50 Nearly complete destruction of houses

Table 2.3 ].)eﬁn.ition of the Flammability class | Definition Representative
safety classification for .
4 refrigerant
refrigerants [26]
Class 3 LFL < 3.5 vol % or | R290, R600a
Hc > 19 MJ/kg
Class 2 LFL >3.5 vol % or |R152a
Hc < 19 MJ/kg
Class 2L In Class 2, Su,max |R717, R32, R143a,
<10 cm/s R1234yf,
R1234ze(E)
Class 1 No flame R134a, R410A,
propagaiton R22
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2.3 Physical Hazard of A2L Refrigerants Assuming
Conceivable Accident Scenarios

2.3.1 Outline

To determine the feasibility of using A2L refrigerants in commercial products, such
as RACs, VRF systems, and chillers, the academic knowledge of the fundamental
combustion characteristics introduced in the previous chapter and case studies under
conceivable accident scenarios are presented. This chapter presents several examples
of assessing the physical hazards posed by the A2L refrigerant under conceivable
accident scenarios using VRF systems. In particular, we focus on the following
situations:

(1) Is the A2L refrigerant ignited by a commercial lighter? In this scenario, it is
assumed that a large amount of A2L refrigerant is leaked and a flammable
mixture by mixing air is formed, and subsequently a commercial lighter is
used for some other purposes. For example, in case A2L refrigerants leak at
the maintenance factory, and an engineer happens to be smoking there. The
ignitability of the A2L refrigerant using a commercial lighter was investigated
based on the reproducibility experiment. Two types of lighters, piezo gas lighter
and flint-type oil lighter, were used.

(2) Is the A2L refrigerant jet leaked with high-pressure ignition? This scenario
assumes that the pressurized A2L refrigerant contained in the line of equipment
is leaked from the crack formed for some reason, and then the leaked jet of the
A2L refrigerant impinges on ignitable sources such as open flames or electrical
discharges.

(3) Full-scale experiments were conducted to evaluate the ignitability and combus-
tion strength of the A2L refrigerant leaked from the VRF system. This scenario
assumes that the ignitability and combustion strength of the A2L refrigerant/air
mixture when all the A2L refrigerant contained in the VRF system is leaked
based on the full-scale experiment. The target situation is that amounts equiv-
alent to 1/4LFL-UFL of the A2L refrigerant are leaked in the narrow karaoke
room in Japan (2 m [L] x 2 m [W] x 2.4 m [H]), and an open flame is used.
The presence or absence of mechanical ventilation is key for evaluation.

2.3.2 Is A2L Refrigerant Ignited by a Commercial Lighter?

2.3.2.1 Formation of Flammable Mixture Around the Burner Port

(1) Piezo gas lighter

N-butane is generally used as a fuel for a piezo gas lighter. Since a piezo
gas lighter can generate an open flame in the absence of an A2L refrig-
erant, the composition of n-butane should be within the flammable range of
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the n-butane/air mixture. Therefore, evaluating whether the mixture of A2L
refrigerant/n-butane/air mixture formed by the leakage of the A2L refrigerant
can form a flammable composition is crucial. The flammable limit of multi-
component fuel in the air can be estimated using Le Chatelier’s equation, as
follows:

1 ni no 1 ny ny
L R T + @.1)
LFL LFL; LFL, UFL UFL; UFL,

where

LFL Lower flammable limit [vol %]
UFL Lower flammable limit [vol %]
n Volumetric fraction of the component in fuel gas [-]

Subscript

1 n-butane
2 A2L refrigerant

This estimation is only an approximation because Le Chatelier’s equation is
only approved for a mixture of saturated hydrocarbons that Burgess—Wheeler’s
law, which involves multiple values of the LFL at 25 °C, and the combustion
heat is constant.

Figure 2.1 displays the relationship between the mole fraction of n-butane +
A2L refrigerant (hereafter called “fuel gas”) against n-butane + A2L refrigerant
+ air and that of n-butane against the “fuel gas”. These fractions were estimated
assuming that the concentration of n-butane was always greater than its LFL,
very close to the outlet. Thus, eight compositions of n-butane + A2L refrigerant
+ air under the concentration of n-butane remained within the flammable range,
as displayed in Fig. 2.1. The solid curve indicates the variation in LFL estimated
from Eq. (2.1) with various composition ratios of “fuel gas” in the mixture of
n-butane + A2L refrigerant + air, and the dotted curve indicates the variation in
UFL using the same method as LFL. Therefore, the concentration of the “fuel
gas” in the n-butane + A2L refrigerant 4 air mixture was within the estimated
flammable range when the A2L refrigerant with a concentration equivalent to
less than the LFL was mixed with n-butane and air. The mixtures with the
composition displayed in the closed enclosure of Fig. 2.1 were the focus of this
study.

Flint-type oil lighter

Kerosene is generally used as a fuel for a flint-type oil lighter. It is generally
soaked in a fuel bed vaporized in the windbreak of a lighter, and then it forms
a flammable mixture with air. Therefore, evaluating the ignitability of leaked
A2L refrigerants penetrating the windbreak and whether a multi-component
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Fig. 2.1 Estimation of flammable range and concentration of “fuel mixture” (n-butane + A2L
refrigerants) in the air with various compositions of “fuel gas” (n-butane/A2L refrigerant) [41]

fuel mixture can be formed is crucial. A flint-type oil lighter was placed in a
space filled with an A2L refrigerant/air mixture, and gases in the windbreak
were sampled and analyzed through gas chromatography/mass spectrometry
(GC/MS). Figure 2.2 displays a chart of the GC/MS analysis of R32 and the
simple components of the lighter fuel and the mixed gas in the windbreak of
the lighter. Peaks similar to the significant peak equivalent to fuel alone were
observed for all sample gases, but no similar peaks equivalent to R32 were
observed. This phenomenon reveals that R32 did not penetrate the mixture in
the windbreak; thus, a flammable fuel/air mixture occurs in the windbreak even
if the R32/air mixture was filled in the surrounding space. This scenario was
considered because the leak rate was slow (10 g/min). Therefore, a flammable
mixture in the windbreak of a flint-type oil can be formed.

2.3.2.2 Possibility of Energy Supply at the Flammable Mixture

(1) Piezo gas lighter

The ignition energy of n-butane is 0.25-2.40 mJ. Since the spark energy by a
piezo element is approximately a few millijoules, concerns exist for the igni-
tion of A2L refrigerants using a piezo gas lighter from the perspective of the
formation of a flammable mixture and the magnitude of the spark energy when
a piezo gas lighter is used in the space at which A2L refrigerants accumulate
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Fig. 2.2 GC/MS analysis of
R32 and simple components
of the lighter fuel and the | | R32 al
mixed gas in the windbreak alone
of the lighter [42] ] test 4
g Ao - test 3
-g test2
2 test1
fuel alone
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time since beginning the GC/MS analysis (min)

with less than LFL. However, since the ignition energy of R32/air is consider-
ably higher than that of the n-butane/air mixture, the ignition energy of the A2L.
refrigerant/n-butane/air mixture is expected to be larger than that of n-butane.
Therefore, the actual ignitability of the A2L refrigerant/n-butane/air mixture
does not seem to be significant.

Flint-type oil lighter

To estimate the spark energy generated by the sliding of a flint wheel, the mass of
the flintstone was measured before and after sliding 500 times. The mass of the
flint decreased 0.06 g with 500 times of sliding. The spark energy was calculated
by dividing the product between this flint mass and the formation heat of oxides
of flint by the number of sliding repetitions. The composition of the flint was
assumed 30 mass% iron and 70 mass% rare earth elements such as cerium. The
heat of formation of ferric oxide is 824.2 kJ/mol at 25 °C and 101.325 kPa, and
that of cerium (IV) is 1088.7 kJ/mol. The spark energy generated by sliding a
flint wheel was estimated to be approximately 1.2 J per turn of the flint wheel.
Concerns regarding the ignition of A2L refrigerants using flint-type oil lighter
exist because the lighter is considerably larger than the minimum ignition energy
of both kerosene and the A2L refrigerant.

2.3.2.3 Reproducibility Experiment

ey

Piezo gas lighter

Figure 2.3 displays the light with various compositions of mixtures. When the
A2L refrigerant was filled with LFL, no propagation of the entire flame pool was
observed, although small sphere-shaped white luminescence, which appeared
as a result of ignition, were observed only for a moment. The following three
reasons could be considered the main reasons for this trend. (1) The ignition
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(¢) R32 with LFL

(d) R32 with LFL/2

Fig. 2.3 Electronic piezo lighter and the surroundings near its outlet in the accumulated A2L
refrigerant [41]

2

energy of the n-butane/A2L refrigerant/air was considerably higher than that of
the n-butane/air mixture, (2) the burning velocity of the A2L refrigerant was
small, and (3) the flame core was quenched when it passed through the outlet
of the burner because the outlet diameter was narrower than the quenching
distance. When R32 leaked and accumulated in the pool with LFL/2, although
some flame steadily existed at the outlet of the lighter, no flame propagation
to the unburnt A2L refrigerant/air mixture located in the surroundings of the
lighter was observed because the concentration of the A2L refrigerant located
around the light was less than that of the LFL.

Flint-type oil lighter

Figure 2.4 displays the photographs of the lighter with energized durations.
The set durations of arc discharge were 50, 100, and 500 ms, which were the
same as those in the reproducibility experiment, and the discharging energies
in these durations were equivalent to 0.2-2.3 J, which were considerably larger
than the MIE of A2L refrigerant in air. In particular, the discharging energy at
a discharge duration of 100 ms was approximately equal to the spark energy by
flinting. Although the apparent reasons that no ignition was observed when arc
discharged, which was considerably larger than the MIE of A2L refrigerant/air
mixture generated without locating a lighter, was unclear, it was considered that
this ignition and flame propagation to the A2L refrigerant/kerosene/air mixture
originated from the open flame generated in the windbreak because there was
only kerosene/air mixture. Based on the aforementioned experimental results
and considerations, the ignition possibility of R32 by a flint-type oil lighter
cannot be ignored.
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(c) Energized time: 500 ms

Fig. 2.4 Photos of the kerosene cigarette lighter and its surroundings in the accumulated R32
before and after operation of the electricity supply to the electrode located in the windbreak [42]
Concentration at the location of the lighter: approximately 16 vol %

2.3.3 1Is A2L Refrigerant Jet Leaked with High Pressure
Ignited?

2.3.3.1 Outline of the Experimental Setup

The A2L refrigerant was leaked from three types of shapes of pinhole with several
mass flow rates, and the concentration of the A2L refrigerant in the air was measured
using ultrasonic gas analyzers. An ignition test in which the A2L refrigerant jet
impinged to an ignition source was performed, and the temperature, heat flux,
and concentration of hydrogen fluoride generated by the combustion reaction were
measured.

2.3.3.2 Formation of the Flammable Range

Figure 2.5 displays the contour maps of iso-concentrations of A2L refrigerants. When
the A2L refrigerant (R32 and R1234yf) leaked from 4 mm ¢ of a pinhole assuming
complete breaking of the pipes, the flammable range was locally formed only 100 mm
in the downstream direction and only = 50 mm in cases of both R32 and R1234yf.
When R32 and R1234yf leaked from 0.2 mm ¢ of a pinhole assuming leakage



18 T. Imamura

£ O ¢= ®
E | == E —
<ol G N £
£ 75 £
“5077 (a) 120-11(R32, ¢ 4 mm, 540 g/min) | 501 | (6] 120-38(R32, $ 0.2 mm, 47.5 g/min)
o 100 200 300 4] 100 200 300
Horizontal Distance (mm) Horizontal Distance (mm)
=50 @ £ 0] @
§° £ o >
x = —25 - = — 30—
E50q Tas - I 50/ :
() 120-21(R1234yf, & 4 mm, 472.5 g/min) | | |[d]120-25(n1234\ﬂ,¢ 0.2 mm, 17.5 g/min)
0 100 200 30 0 100 200 300
Horizontal Distance (mm) Horizontal Distance (mm)
z - ® ¢
£ _ 5~ | E
! 5.0 ) S
@ E e — — [
T o ;i I
-507 () 120-12 (R32, 1 x4 mm [vertical), 245 g/min) E
0 100 200 300 0 100 200 300
Horizontal Distance (mm) Horizontal Distance (cm)

Fig. 2.5 Contour maps of averaged concentrations of leaking refrigerant jets under various leakage
conditions [43]

from a pinhole-like welding-crack, the flammable range was no longer formed. The
influence of the shape of the pinhole was hardly observed. The formation of the
flammable range originating from the leakage of the A2L refrigerant depended only
on the mass flow rate.

2.3.3.3 Ignition, Flame Propagation, and Physical Hazard

IN this experiment, a single DC spark, a continuous AC spark, and an open flame were
used as the ignition source. No ignition was observed for any of the ignition sources
because the burning velocity of the A2L refrigerant was slow. The energy of the
DC spark was 16 J, which was considerably larger than that of conceivable ignition
sources (~1 J). Therefore, the ignition possibility of leaked jets of A2L refrigerants
seemed to be limited. Considerable temperature rise, heat flux, and generation of
hydrogen fluoride were not confirmed.
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2.3.4 Full-Scale Experiment to Evaluate the Ignitability
and Combustion Strength of A2L Refrigerant Leaked
Jrom the VRF System

2.3.4.1 Problems Concerning Physical Hazards Peculiar to VRF

The VRF system is a system in which multiple indoor units are connected by a single
line of refrigerant flow, and it is widely distributed worldwide. The required amount
of refrigerant in the VRF is considerably larger than that in RACs in which an indoor
unit is connected to the corresponding outdoor unit because of the increase in the
number of indoor units and the extension of the length of the refrigerant flow lines.
Therefore, to reduce the global warming potential (GWP) of refrigerants, the practical
use of A2L refrigerant for commercial VRF systems is expected. However, concerns
to ensure that the safety originates from the physical hazards of the A2L refrigerant
based on their combustion characteristics remain because a chargeable amount of
refrigerant is required to increase more than RAC. Based on the aforementioned
background, a full-scale experiment assuming the accident scenario of leakage of
the A2L refrigerant and impinging on an ignition source was conducted.

2.3.4.2 OQutline of the Full-Scale Experiment to Evaluate Physical
Hazards Based on Actual Conceivable Accident Scenarios

(1) Assumed scenario

The worst conceivable case is that a large amount of refrigerant charged in the
refrigerant flow is leaked into the narrow-airtight space. A scenario in which a
large amount of A2L refrigerant was rapidly leaked into a narrow karaoke space
with a floor area of 4 m2 and a candle was ignited on the cake for the party was
assumed to correspond to this worst case. Since the concentration distribution
in the karaoke room generated by the leakage of the refrigerant depended on
how it leaked, the leak behavior of the refrigerant through an indoor unit should
be modeled. Furthermore, mechanical ventilation systems should generally be
installed in commercial karaoke rooms. Therefore, investigating the influences
of the operation or stopping of ventilation and the size of the air vent is crucial.

(2) Outline of the experiment

Figure 2.6 displays the schematic and photographs of the karaoke room model
used in the experiment. The floor area of the model karaoke space was 2000 mm
x 2000 mm, and its height was 2400 mm. The dummy indoor unit was fixed
on an artificial ceiling. The refrigerant was discharged to the back of the indoor
unit, and then the refrigerant leaked into the air through the vanes of the indoor
unit. The model ventilation system, which consisted of an inlet, an outlet, and
a commercial hair dryer, was installed on the artificial ceiling. The natural
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ventilation performance of this model karaoke room is displayed in Fig. 2.7.
R32 leaked in this model karaoke room exhibited a uniform concentration, and
the rate of decrease in the concentration was approximately 9% even at a height
of 2000 mm. This result corresponds to 0.1 times/h of ventilation times, and it is
smaller than the required ventilation times designated by the Building Standards
Law in Japan (0.3 times/h). That is, the airtightness of this model karaoke space
is higher than that designated by the Building Standards Law in Japan.

2000
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Fig. 2.6 Schematic of the model karaoke room [44]

Fig. 2.7 Time history of
changes in the R32
concentration in the model
karaoke space [44]
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The ignition source was an open flame generated by a commercial chemical
match. To ignite a chemical match, it was laid on the coil of the Ni—Cr wire, and
then the match was heated by the Joule heat generated by the Ni—Cr coil. R32
and R1234ze (E) were used as test refrigerants. The leak amounts at concen-
trations equivalent to LFL/4, LFL/2, LFL, and UFL, when all these amounts
were homogeneously mixed in the model karaoke space, were selected as the
experimental conditions.

(3) Experimental results

L.

ii.

R32

No ignition was observed in the cases of leak amounts equivalent to up to the
LFL. Since some of the leaked R32 remained at the drain pan of the indoor
unit with the liquid phase, the charged amount of refrigerant did not completely
leak into the model space. Therefore, the concentration of R32 in the model
space was less than that in the LFL. However, in the case of a leak amount
equivalent to the UFL and the mechanical ventilation was stopped, ignition and
flame propagation throughout the model space were observed (Fig. 2.8). In the
early stage of combustion, a blue flame was observed, but the flame color gradually
changed to orange after a certain time because the combustion behavior changed
incompletely owing to insufficient oxygen. A pressure increase of approximately
4 kPa was observed.

By contrast, no ignition and flame propagation were observed even when the leak
amount was equivalent to the UFL when mechanical ventilation was run because
the concentration of R32 in the air was less than that in LFL owing to the effect
of mechanical ventilation.

R1234z¢(E)

For R1234ze (E), a trend similar to that of R32 was observed. Ignition was
observed only in the case of a leak amount equivalent to the UFL (Fig. 2.8) and
the mechanical ventilation was stopped. The flame speed of R1234ze (E) was
slower than that of R32, and its flame color was orange from the early stage of
combustion because R1234ze(E) contained more atoms of C than R32.

2.4 Summary

IN this study, physical hazards originating from A2L refrigerants were introduced
based on the fundamental characteristics of combustion and several case studies.
The ignitability of A2L refrigerants is relatively small, and they can be used in
RACs, VRFs, and other devices under suitable guidelines for safe use. However,
according to the movement on the protection of the global environment, the reduction
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Fig. 2.8 Sequence photos of the flame propagation of A2L refrigerant without mechanical venti-
lation [44] Variable t: time since Ni—Cr wire coil energized, Refrigerant: R32, Leak amount:
corresponding UFL (5.4 kg)

in GWP compared to the current status is considerable. Therefore, hydrocarbons can
be used as alternative refrigerants. The results of this study can provide considerable
guidelines or regulations for the safe use of these refrigerants based on the detailed
evaluations of physical hazards.

References

. ANSI/ASHRAE Standard 34-2013 (2013) Designation and safety classification of refrigerants.

American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc.

Takizawa K, Igarashi N, Tokuhashi K, Kondo S (2020) On simple method for predicting
burning velocities for lower flammability refrigerants using quenching distance measurement.
Int J Refrig 120:370-377

Kondo S, Takizawa K, Tokuhashi K (2012) Effects of temperature and humidity on the
flammability limits of several 2L refrigerants. J Fluorine Chem 144:130-136

Takizawa K, Takahashi A, Tokuhashi K, Kondo S, Sekiya A (2006) Reaction stoichiometry
for combustion of fluoroethane blends. ASHRAE Trans 112:459-468

The Japan Society of Refrigerating and Air Conditioning Engineers (2017) Risk assessment of
mildly flammable refrigerants final report 2016, Chap 2—4. Retrieved from https://www.jsrae.
or.jp/committee/binensei/final_report_2016r1_en.pdf. Accessed on 3 Nov 2021

Linteris GT, Bell IH, McLinden MO (2019) An empirical model for refrigerant flammability
based on molecular structure and thermodynamics. Int J Refrig 104:144-150


https://www.jsrae.or.jp/committee/binensei/final_report_2016r1_en.pdf
https://www.jsrae.or.jp/committee/binensei/final_report_2016r1_en.pdf

2 Evaluating the Ignition Hazard of Alternative Refrigerants for Variable ... 23

14.
15.

16.

17.

18.

19.

20.

21.

22.

23.

24.

25.

26.

27.

28.

29.

30.

31.

32.

33.

34.

. Lewis B, von Elbe G (1961) Combustion, flames and explosions of gases, 2nd edn. Academic

Press, New York and London

. Williams FA (1985) Combustion theory, 2nd edn. Perseus Books Publishing, Reading, MA
. Law CK (2006) Combustion physics. Cambridge University Press, New York

10.
11.
12.
13.

Babrauskas V (2003) Ignition handbook. Fire Science Publishers, Issaquah, WA

Hurley MJ (2016) SFPE Handbook of fire protection engineering, Sth edn. Springer, New York
Kuo KK (2005) Principles of combustion, 2nd edn. Wiley, Hoboken

Warnatz J, Maas U, Dibble RW (2006) Combustion- physical and chemical fundamentals,
modeling and simulation, experiments, pollutant formation, 4th edn. Springer, Heidelberg
Babrauskas V (2003) Ignition handbook, Chap 4. Fire Science Publishers, Issaquah, WA
ASTM E681-09 (2009) Standard test method for concentration limits of flammability of
chemicals (Vapors and Gases). ASTM International

Bestimmung der Explosionsgrenzen von Gasen und Gasgemischen in Luft (DIN 51649) (1986)
Deutsches Institut fiir Normung, Berlin

ASTM E918-19 (2019) Standard practice for determining limits of flammability of chemicals
at elevated temperature and pressure. ASTM International

ASTM E2079-19 (2019) Standard test method for limiting oxygen (oxidant) concentration in
gases and vapors. ASTM International

ASTM E582-21 (2021) Standard test method for minimum ignition energy and quenching
distance in gaseous mixtures. ASTM International

Litchfield EL (1960) Minimum ignition-energy concept and its application to safety engineering
(RI5671). Bureau of Mines, Pittsburgh

Litchfield EL, Hay MW, Kubala TS, Monroe JS (1967) Minimum ignition energy and
quenching distance in gaseous mixtures (RI 7009). Bureau of Mines, Pittsburgh

Mallard E, Le Chatelier HL (1880) Sur les temperatures d’inflammation des melanges gazeux.
Comptes Rendus Academie Sciences Paris 91:825-828

Dixon HB, Coward HF (1909) The ignition-temperatures of gases. Proc Chem Soc London
25:67-68

Griffiths JF, Gray BF, Gray P (1970) Multistage ignition in hydrocarbon combustion: temper-
ature effects and theories of nonisothermal combustion. In: 13th Symposium on combustion.
The Combustion Institute, Pittsburgh, pp 239-248

Sage JA, Weinberg FJ (1958) An attempt at measuring homogeneous ignition temperatures.
In: 7th Symposium on combustion. The Combustion Institute, Butterworths, pp 464—469
Takizawa K (2017) Risk assessment of mildly flammable refrigerants final report 2016, Chap
2, Table 2-2. Retrieved from https://www.jsrae.or.jp/committee/binensei/final_report_2016r1_
en.pdf. Accessed on 3 Nov 2021

Kondo S, Takizawa K, Takahashi A, Tokuhashi K (2011) On the temperature dependence of
flammability limits of gases. ] Hazard Mater 187:585-590

Takizawa K, Igarashi N, Tokuhashi K, Kondo S (2015) Effects of temperature and pressure on
quenching distances of difluoromethane (R32) and ammonia (R717). In: The 13th asia pacific
conference on built environment, pp 143-155

Mannan S (2005) Lee’s loss prevention in the process industries, vol 2, 3rd edn. Elsevier,
Oxford, p 1383

NFPA 68 (2013) Standard on explosion protection by deflagration venting, 2013 edn., Table
D.1.(a). National Fire Protection Association (NFPA)

Jung Y, Lee MJ, Kim NI (2016) Direct prediction of laminar burning velocity and quenching
distance of hydrogen-air flames using an annular stepwise diverging tube (ASDT). Combust
Flame 164:397-399

Takizawa K, Igarashi N, Takagi S, Tokuhashi K, Kondo S (2015) Quenching distance
measurement of highly to mildly flammable compounds. Fire Saf J 71:58-68

Ono R, Nifuku M, Fujiawa S, Horiguchi S (2007) Minimum ignition energy of hydrogen-air
mixture: effects of humidity and spark duration. J Electrostat 65(2):87-93

NFPA 68 (2007) Standard on explosion protection by deflagration venting, 2007 edn., Table
E.1.. National Fire Protection Association (NFPA)


https://www.jsrae.or.jp/committee/binensei/final_report_2016r1_en.pdf
https://www.jsrae.or.jp/committee/binensei/final_report_2016r1_en.pdf

24

35.

36.

37.

38.

39.

40.

41.

42.

43.

44,

T. Imamura

The Japan Society of Refrigerating and Air Conditioning Engineers (2017) Risk assessment
of mildly flammable refrigerants final report 2016, Chap 4, Table 4-2. Retrieved from https://
www.jsrae.or.jp/committee/binensei/final_report_2016r1_en.pdf Accessed on 3 Nov 2021
ISO/IEC Guide 51 (1999) Safety aspects-guidelines for their inclusion in standards. Interna-
tional Organization for Standardization

Zalosh R (2016) Flammable gas and vapor explosions. In: SFPE handbook of fire protection
engineering, vol 3, Table 69.2, 2745. Springer

ISO 817 (2013) Refrigerants-designation and safety classification of refrigerants. American
Society of Heating, Refrigerating and Air-conditioning Engineers, Inc.

ISO 5149 (2014) Refrigerating systems and heat pumps-safety and environmental requirements.
International Organization for Standardization

IEC 60335-2-40 (2018) Household and similar electrical appliances-safety-part 2—40: partic-
ular requirements for electrical heat pumps, air-conditioners and dehumidifiers. International
Electrotechnical Commission

Imamura T, Miyashita T, Kamiya K, Sugawa O (2013) Ignition hazard evaluation on leaked
A2L refrigerants by commercial-use electronic piezo lighter. J Saf Eng 52(2):91-98 in Japanese
Imamura T, Sano T, Yuzawa K, Sugawa O (2016) Experimental evaluation of the possibility
of ignition and flame propagation in accumulated difluoromethane (R32) from a kerosene
cigarette lighter. J Loss Prev Process Ind 43:29-34

Imamura T, Kamiya K, Sugawa O (2015) Ignition hazard evaluation on A2L refrigerants
in situations of service and maintenance. J Loss Prev Process Ind 36:555-563

Imamura T, Yoshida Y, Ota Y, Naito K, Sugawa O (2017) Full-scale experiment to evaluate the
combustion hazard of refrigerants with low global-warming potential in a conceivable accident
scenario. Int J Refrig 82:461-469


https://www.jsrae.or.jp/committee/binensei/final_report_2016r1_en.pdf
https://www.jsrae.or.jp/committee/binensei/final_report_2016r1_en.pdf

Chapter 3 )
Flow Boiling Heat Transfer of Low GWP | ¢
Refrigerant R1234yf

with the Entrancement of Lubricating
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Co Initial oil mass fraction, wt%

G Mass flux of refrigerant, kg/m? s

G, Vapor side mass flux of refrigerant, kg/m? s

Goi  Mass flux of lubricating oil, kg/m? s

hyo Heat transfer coefficient of refrigerant—oil, W /m?> K
q Heat flux, W/m?

Tw Wall temperature, K

Ty, Bubble point temperature of refrigerant—oil, K

X Vapor quality
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3.1 Introduction

The release of the MAC (mobile air conditioning) directive by the EU, which bans the
use of refrigerants with a global warming potential (GWP) above 150 in new types
of mobile air conditioning starting in 2011 in the EU market, has triggered research
and development of low GWP refrigerants to be used in mobile air conditioners. The
refrigerant HFO-1234yf, which was jointly developed by Honeywell and DuPont,
has been accepted as a promising alternative refrigerant because of its low GWP of
1 and its thermophysical properties, which are similar to those of R-134a. Several
experimental studies have been conducted on the thermophysical properties [1, 2]
and on the heat transfer coefficient for both flow boiling [3] and condensation [4].

Because of the inevitable introduction of lubricating oil into the refrigerant, the
influence of the lubricating oil on heat transfer performance is also of great impor-
tance. The presence of lubricating oil may enhance or deteriorate the heat transfer
coefficient according to the miscibility of oil under various refrigerant and flow condi-
tions. Numerous studies have been conducted for different refrigerant—oil mixtures;
however, there is no information available in the open literature concerning the heat
transfer of a HFO-1234yf—oil mixture.

Regarding the effect of lubricating oil on flow boiling heat transfer, the occur-
rence of foaming is frequently observed and is considered the reason for heat transfer
enhancement in the low quality region. However, previous experimental studies often
reported conflicting results on the effect of lubricating oil on the heat transfer perfor-
mance. Yanagisawa et al. [5] investigated the foaming caused by blade rotation
and vapor blow of an oil-refrigerant (R-22) mixture. The authors reported that the
foaming became violent with increases in the blade rotation speed and the vapor flow
rate when the mixing ratio of the mixture was about 50%. To determine the effect
of foaming on nucleate boiling, Udomboresuwan and Mesler [6] studied bubbles
bursting from a liquid film on a heating surface; they reported that the nucleate heat
transfer coefficient increased with decreases in the depth of the water on the heating
surface. Monde and Hahne [7] investigated boiling heat transfer on a fine horizontal
wire in oil-refrigerant mixtures; they reported that the heat transfer was enhanced at
oil concentrations below 2 or 3 wt% for p = 2 bar, but deteriorated for p =1 and 5 bar.
Wang et al. [8] studied the effect of lubricating oil on nucleate boiling and reported
that the heat transfer coefficient (7) decreased with increases in oil concentration at
the saturation temperature, 75 = 20 °C. However, at a low temperature of Ty =—5
°C, the value of & might be larger than that of pure refrigerant at a low oil concen-
tration. Yoshida et al. [9] reported that 4 increased with increasing oil concentration
at low vapor quality, whereas it decreased at high vapor quality. The enhancement
of h was attributed to the occurrence of foaming, which promoted tube wetting. Hu
et al. [10] studied flow boiling of an R410A—oil mixture inside a straight microfin
tube and reported that at low vapor quality (x < 0.45), h increased with increasing
oil concentration, while at high vapor quality (x > 0.65), h deteriorated. Wei et al.
[11] investigated the heat transfer characteristics of refrigerant—oil mixture (R-22
and miscible oil) flow boiling inside tubes with inner diameters (IDs) of 2.5 and
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6.34 mm and reported that the argumentation effect of oil on 4 became weakened or
even diminished in a small tube. Dang et al. [12] studied the effect of partly miscible
PAG-type lubricating oil on the flow boiling heat transfer of CO, and found that at
a low oil concentration of 0.5—-1%, h decreased to less than half that under oil-free
conditions, but did not decrease further with increasing oil concentration up to 5%.
Despite numerous experimental data on flow boiling heat tranfer of refrigerant—oil
mixture in small-diameter tubes, the effect of oil on heat transfer is still not clear.
Filho et al. [13] conducted a comprehensive review of flow boiling characteristics
and flow pattern visualization of refrigerant—oil mixtures and concluded, “There is
no agreement among these studies regarding the effect of the oil in the evaporator,
with studies showing an increase or decrease in the heat transfer coefficient”.

The purpose of this study is to investigate the characteristics of flow boiling heat
transfer of the low GWP refrigerant HFO-1234yf in the presence of lubricating oil
in horizontal small-diameter tubes with IDs of 2 and 4 mm. In addition, flow pattern
observations of flow boiling inside a 4-mm tube were conducted using a Pyrex glass
tube, which was coated with an indium-tin-oxide (ITO) thin film to be heated by
direct Joule heating.

3.2 Experimental Apparatus

Figure 3.1 shows a schematic drawing of the experimental system used to measure
the heat transfer coefficient and pressure drop and to observe the flow patterns of
the refrigerant (HFO-1234yf)—oil mixture. The system consisted of two loops: a test
loop and an oil loop.

The test loop contained a Coriolis-type flowmeter, a refrigerant temperature
controller, a flow control valve, a mixer (static type), a test tube (evaporator), and
a sight glass tube that was coated with ITO thin film to allow electrical heating. To
reduce the heat loss from the test tube to the environment, the entire test tube was
placed inside an air duct with the air temperature controlled to match the evapo-
rating temperature. The flow rate and inlet pressure of HFO-1234yf were controlled
by adjusting the frequency of the magnetic gear pump and the opening of the flow
control valve. The vapor quality at the inlet of the test evaporator was adjusted by
adjusting the amount of heat supplied to the refrigerant at the preheater.

The oil loop contained an oil pump, an oil flow meter, a sight glass, and an oil sepa-
rator. The lubricant base oil was PAG (VG46), which is miscible with HFO-1234yf.
The flow rate of the oil was controlled by adjusting the frequency of the plunger
pump. The oil was injected into the test loop downstream of the subcooler. After the
test evaporator, the oil is separated from the refrigerant and returned to the pump.

Figure 3.2 shows the details of the test tubes used for heat transfer performance
measurements and the sight glass used for visual observation of the flow pattern. The
test tube was heated by direct Joule heating using a DC power supply connected to
two electrodes soldered at the flanges of the two ends of the test tube. The pressure
of the refrigerant in the test tube was measured using a precision aneroid manometer.
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Fig. 3.1 Schematic of experimental system

The temperature of the outer surface of the 4.0-mm-ID test tube was measured at the
top, middle, and bottom of the tube along the surface using a 0.1-mm-outer diameter
(OD) T-type thermocouple; the temperature of the inner wall of the tube was then
calculated from the measured temperature of the outer wall of the tube using Fourier’s
law. For the 2.0-mm-ID tube, the temperature of the outer surface was measured at the
middle point. An 8-pm-thick Teflon sheet was inserted between each thermocouple
and the test tube to avoid the effect of electric current on the measurement accuracy
of the thermocouples.

The refrigerant—oil mixture flow pattern was observed using a sight glass as shown
in Fig. 3.2. The sight glass was made of Pyrex glass coated with ITO thin film to
allow for direct heating by DC current. The sight glass was located inside a vacuum
tube and insulated by the vacuum; the pressure in the vacuum tube was less than
1 Torr.

Table 3.1 summarizes the experimental conditions, and Table 3.2 lists the
properties of the lubricating oil.
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Fig. 3.2 Detail of test tubes for heat transfer performance measurement and sight glass for visual
observation

Table 3.1 Experimental Refrigerant HFO-1234yf

conditions

Test section SUS304 tube,
ILD.=2mm (L =0.44 ~ 1.76 m),
ILD. =4 mm (L =1.7 ~4.25 m)

Inlet temp. 15°C

Inlet quality 0.01 ~0.22

Heat flux 6 ~ 24 kW/m>
Mass flux 100 ~ 300 kg/m? s
0il PAG (VG46)

Oil circulation rate (Cg) |0 ~ 4.5 wt%

Table 3.2 Properties of

lubricant base oil® Lubricant base oil PAG(VG46)
Kinematic viscosity at 40 °C [mm?2/s] 49.58
Kinematic viscosity at 100 °C [mm2/s] 10.72
Viscosity index 214
Density [g/cm3] 0.9939

2This property and oil were provided by Idemitsu Kosan Co., Ltd.
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3.3 Results and Discussions

3.3.1 Solubility of R1234yf and Lubricating Oil
(PAG (VG46))

In order to investigate the solubility of the refrigerant in the lubricating oil in the
range of this experiment, the amount of the refrigerant dissolved in the lubricating
oil with respect to temperature and pressure was measured. The results are shown in
Fig. 3.3.

In the experiment, the flow rate of lubricating oil (volume flow rate) and the flow
rate of refrigerant (mass flow rate) are measured. From Fig. 3.3a, the amount of
refrigerant dissolved inside the lubricating oil in the oil separator is about 12 wt%.
The oil flow rate was corrected using this amount of refrigerant dissolved. Regarding
the refrigerant flow rate, the amount of refrigerant in the oil was small (1% or less
of the refrigerant flow rate) and was ignored.

3.3.2 Flow Pattern Observation

3.3.2.1 Effect of Oil Concentration (Cy)

Figure 3.4 shows the flow pattern in the unheated 2 mm sight glass at mass flux of
150 kg/m? s and x = 0.02. The flow pattern at x = 0.02 is slug flow, and only the
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-0 4.7 [wt%]
A 92 [Wi%]
—7— 13.3 [Wt%]
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(a) Temperature-Pressure-Solubility diagram (b) Temperature-Density-Solubility diagram

Fig. 3.3 R1234yf/PAG(VG46) solubility diagram
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Flow direction ——

)

(3) Co=0.89 wt% (4) Co=1.78 wt%

(5) Co=2.65 Wt% (6) Co= 4.46 Wt%

Fig. 3.4 Flow patterns in the 2.0-mm-ID tube for mass flux 150 kg/m? s and x = 0.02

recorded bubbles in liquid slug are shown. Focusing on the bubbles in the liquid slug,
the appearance of foaming (bubble amount) due to the change in the oil circulation
rate was shown. In (1), Cy = 0 wt% only few bubbles are seen in the liquid slug.
From the recorded pictures of (2) to (6) by high speed camera, the amount of bubbles
increased with the increase in the oil circulation rate, and the size of each bubble
diameter became slightly smaller, ranging from 0.05 to 0.2 mm. The distribution of
bubbles in the liquid slug is almost uniform except for the bottom. It can be seen that
there is a large increase in the amount of bubbles between Cy = 0.44 and 0.89 wt%.

Figure 3.5 shows the flow patterns for the 4-mm-ID tube at G = 200 kg/m? and ¢
= 12 kW/m? with different oil mass fractions from 0.16 to 2.28 wt%. Flow patterns
obtained at x = 0.02 and 0.24 are compared. For Fig. 3.5a, x = 0.02 [photos (1) to
(5)] and the flow regime is slug flow; for Fig. 3.5b, x = 0.24 [photos (6) to (10)],
annular flows were observed. The comparison shows that when the oil mass fraction
is less than 0.4 wt%, vapor bubbles generated on the heated surface grow and rise,
then collapse immediately after reaching the vapor-liquid interface. In contrast, for
a larger oil mass fraction of 0.73 wt%, as shown in photos (3) and (8), bubbles can
be observed adhering to the vapor-liquid interface. With further increases in C, the
amount of bubbles on the vapor-liquid interface increases and forms a stable bubble
layer. At the highest Cy of 2.04 wt%, as shown in photos (5) and (10), the amount of
small bubbles increases and the whole liquid layer is filled with vapor bubbles. The
vapor-liquid interface is also covered by the bubbles, and continuous vapor bubbles
(violent boiling) can be seen on the heated surface of the bottom of the tube. In
addition, as compared at different vapor qualities, the amount of bubbles in photo
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(10) is smaller than that in photo (5) because of the increase in shear force with the
accelerating vapor phase.

In general, the surface tension and the viscosity of the refrigerant—oil mixture
increase with increasing Cy, and foaming increases with increases in the kinematic
viscosity of the mixture (less than 400 cPt). The lifetime of bubbles on the vapor—
liquid interface increases with increasing Cy, because the viscosity of the mixture
becomes higher.

Flow direction ———— =

¥ i mYor

(1) Co=0.16 wt% (6) Co=0.21 wt%

oa T oYY

(2) Co= 0.38 wt%

(7) Co= 0.39 wt%

—

(3) Co= 0.73 wt% (8) Co= 0.78 wt%

ey —

] P ey A ] T O A g AT

(5) Co= 2.04 wt% (10) Co=2.28 Wt%
(a) x = 0.02 (b) x = 0.24

Fig. 3.5 Flow patterns in the 4.0-mm-ID tube at G = 200 kg/m? s and g = 12 kW/m?
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3.3.2.2 Effect of Vapor Quality (x)

In general, as vapor quality increases, different flow regimes are observed for two-
phase flow. We focused on the bubbles on the vapor-liquid interface. Figure 3.6
shows the change in flow patterns related to vapor quality for G = 100 kg/m? s and g
= 12 kW/m?, while Fig. 3.6a and b show Cy = 0 and 1.8 wt%, respectively. Photos
(1) and (5) show the region of slug flow, and photos (3), (4), (7), and (8) show annular
flow. It can be seen from a comparison of photos (1) and (5) that many bubbles are
observed on the vapor-liquid interface, and the bubble sizes in photo (5) are larger
and more stable than those in photo (1). As x increases, the vapor velocity on the
interface becomes higher, and the amount and size of the bubbles on the interface
becomes smaller. The bubbles cannot grow larger, because the shear force acting on
the bubble-wall makes the liquid film of the bubble wall thinner and more unstable.

Flow direction —— g

(1) x=0.07 (5) x=0.07

(2) x=0.17 (6) x=0.16
a1 o
(3) x=026 (7) x=027

e N e

4) x=038 (8) x=041

(a) Co=0 wt% (b) Co= 1.8 Wt%

Fig. 3.6 Flow patterns for the 4.0-mm-ID tube at G = 100 kg/m? s and g = 12 kW/m?
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3.3.2.3 Effect of Heat Flux (¢)

Figure 3.7 shows the effect of g on the refrigerant—oil mixture at G = 200 kg/m? s
and vapor quality x = 0.2. Figure 3.7a and b show visual observations of the flow
patterns at ¢ = 3.3 kW/m? and 12 kW/m?, respectively. The flow patterns are also
compared at different oil mass fractions (Cy) from O to 1.8 wt%. Here, x and Cj
were defined by x = Gy / G and Cy = G x 100/ (G + Goin), respectively, where
Gy and G are the vapor mass flux of refrigerant and mass flux of oil. The flow
regime shown in Fig. 3.7 is annular flow, in which the liquid layer in the bottom
of the tube is thicker than that in the top. However, intermittent flow with sudden
change in flow pattern is observed and compared in Fig. 3.7. Please note Fig. 3.7 (2)
and (3) shows the observed flow boiling at the same experimental condition, Fig. 3.7
(5) and (6) shows the change of flow boiling behavior at another condition. At oil
free condition, as shown in Fig. 3.7 (1) and (4), boiling at ¢ = 12 kW/m? is more
intense than that at g = 3.3 kW/m?2. With the presence of lubricatin oil, a violent
intermittent boiling phenomenon is observed at Co = 1.39 wt%, as shown in Fig. 3.7
(5) and (6) [photos (5) and (6) are recorded under the same conditions: Cy = 1.39
wt% and x = 0.24], and the violent boiling with much continuous boiling vapor on
the heated surface can be seen on photo (6), while violent boiling accompanied with
continuous vapor bubble is not observed at low heat flux with ¢ = 3.3 kW/m?. This
phenomenon may be related to overheating on the heated surface with the presence
of oil. Similar results can be seen for a higher oil mass fraction of Cy = 1.81 wt%
[photos (2) and (3) are for the same conditions: Cy = 1.81 wt% and x = 0.22], but
the boiling bubbles are not continuous, as shown in photo (3).

In addition, with the increase in oil mass fraction, more vapor bubbles could be
observed inside the liquid layer. This may be attributed to the increased retention
time of bubbles inside the liquid, due to the increases in refrigerant liquid viscosity
and surface tension with the presence of oil.

3.3.2.4 Effect of Mass Flux (G)

Figure 3.8 shows the effect of the mass flux G on the flow pattern at vapor quality
of x = 0.02 with two oil mass fractions of Cy = 0 and Cy = 0.7 wt%. The flow
regime observed is slug flow, and the behavior of foaming at different mass fluxes of
100 and 200 kg/m? s is compared. The quantity of bubbles in the liquid slug at G =
200 kg/m? s is larger than that at G = 100 kg/m? s, as seen in the comparison between
photos (1) and (3); a similar tendency can be found for Cy = 0.7 [photos (2) and (4)].
When the amount of bubbles at the vapor-liquid interface in the downstream end
of the liquid slug is compared, it is seen that many more bubbles exist at the lower
mass flux of G = 100 kg/m? s (photo 2) than at G = 200 kg/m? s (photo 4). With
the increase in G, the shear force acting on the wall of bubbles on the vapor-liquid
interface is large, promoting the burst of bubbles at the vapor—liquid interface.
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Fig. 3.7 Flow Patterns in the 4.0-mm-ID Tube at G = 200 kg/m? s

3.3.2.5 Effect of Flow Fluctuation

Figure 3.9 shows the foaming for a 4.0-mm-ID tube at a low mass flux of 100 kg/m?>
s, a low vapor quality of 0.03, at heat flux of 12 kW/m?. The observed flow regime is
slug flow. With increasing Cy, an intermittent flow was observed when Cy exceeded
1.53 wt%, as shown in photos (2), (3), and (4). At low velocity and a small amount
of the liquid mixture, the flow regime is almost foam flow (photo 2). Photos (3) and
(4) are recorded under the same conditions (Coy = 3.21 wt%); when the vapor phase
velocity is almost zero, the tube is filled with the growing bubbles (photo 3), and
when the vapor phase begins to flow in the tube, the large bubbles collapse and only
small bubbles remain inside the liquid phase (photo 4).
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Bubbles on the vapor-liquid interface
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Fig. 3.8 Flow patterns in the 4.0-mm-ID tube at ¢ = 12 kW/m?

Fig. 3.9 Flow patterns in the Flow direction ~ —*=

4-mm-ID tube at G =
100 kg/m? s, g = 12 kW/m?
and x = 0.03
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3.3.3 Heat Transfer Coefficient

Thelocal heat transfer coefficient (4, ) for the refrigerant—oil mixture was determined
using the following equation:

q

hr,o = T A <
(Tw - Tbub)
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where Ty, is the temperature of the inner wall of the tube, which was calculated from
the measured outer wall temperature of the tube using Fourier’s law, and Ty is
the bubble point temperature of the refrigeration—oil mixture. The quantity Ty, is
calculated by the method presented by Thome [14]. From the calculation results, it is
found that the difference between T, and the saturation temperature (7', ) is very
small; therefore, Ty, is assumed to be equal to 7'y in this study. The temperature T gy
is the saturation temperature at a local refrigerant pressure calculated by a second-
order approximation formula based on the measured pressures at four locations along
the test tube. The properties of the refrigerant HFO-1234yf were calculated using
REFPROP version 9 [15].

3.3.3.1 Effects of ¢ and G on Heat Transfer Coefficient

(a) Inner diameter 2 mm tube

Figure 3.10 shows the relationship between the heat transfer coefficient and the
quality (x) for a2 mm inner diameter pipe at different heat fluxes and mass fluxes
with the oil circulation coefficient (Cy) changing from 0 to 5 wt%. The maximum
uncertainty of the heat transfer coefficient in Fig. 3.10a, b and c is & 5.6, + 4.8,
and + 5.2%, respectively. The effects of the oil circulation coefficient on the
local heat transfer coefficient were classified into the following two regions.

Region A: The low quality region (x < 0.4 to 0.6) is called region A. When
the oil circulation rate is about 0.4 wt% or less, the heat transfer coefficient (hr,
0) is slightly lower than the heat transfer coefficient (hr, o) of Cy = 0 wt%, and
when Cy > 0.4 wt%, hr, o increases with increasing oil circulation rate.

Region B: The high quality region (x > 0.6) is called region B. The heat
transfer coefficient decreases monotonically as the oil circulation rate increases.

It can be seen from Fig. 3.10 that when the heat transfer coefficient is
compraed at the same mass flux while differnt heat fluxes in the region A
(comparison between (a) and (b)), the measured heat transfer coefficient may
increased by 1.5 times with the heat flux increased from 12 kW/m? to 24 kW/m?.
When the heat transfer coefficient in the A region is compared at the same heat
flux (comparison between (b) and (c)), the heat transfer coefficient was found
increased by 1.8 times with mass flux increased from 150 kg/m?s to 300 kg/m?s
at the heat flux of 24 kW/m?. In region A, the increase in heat transfer coefficient
due to the increase in oil circulation rate is more profoundly affected by the heat
flux than the mass flux.

The decrease in heat transfer coefficient near the oil circulation rate of 0.4
wt% in the region A is attributed to the increase in the surface tension of the
mixture and the increase in the degree of superheat of the liquid on the surface
of the heating wall. The decrease in heat transfer coefficient in the region B is
considered to be related to the increase in viscosity, the increase in saturation
temperature, and the increase in resistance to diffusion of substances on the
gas-liquid interface due to the local increase in oil concentration.
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Fig. 3.10 Heat transfer
coefficients for the
2.0-mm-ID tube
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(b) Inner diameter 4 mm tube

Figure 3.11 show the comparison of heat transfer at diffident oil concentration
in a 4.0 mm tube. The circumferential average heat transfer coefficient was
calculated by (op + 2 X Agide + hpotom)/4. The maximum uncertainty of heat
transfer coefficient in (a), (b) and (c) is estimated £ 10.9, £ 7.7 and & 7.8%,
respectively. The effect of oil circulation rate on heat transfer coefficient can
also be classified into regions A and B as in the case of 2 mm pipes. In the A
region, the increase in heat transfer coefficient due to the increase in Cy is more
profoundly affected by the heat flux than the mass flux, as in the 2 mm tube.
The region A of the 4 mm tube is x < 0.5 to 0.6, which is slightly wider than that
for the 2 mm tube.

(c) Relationship between Region A and foaming

In the region A (x < 0.4 to 0.6), the heat transfer coefficient increased at Cy > 0.4
wt%, which is in consistent to the observation of foaming shown in Sect. 3.3.2.1.
The amount of bubbles (foaming) on the gas—liquid interface was found inceases
with the increase in Cy, while decreases with quality (x). Foaming is affected
by the intensity of gas—liquid mixing and the intensity of boiling, which are
related to G and g, respectively. In the region A where nucleate boiling is domi-
nant, boiling (foaming) becomes more intense as g increases. The size of the
bubbles on gas-liquid interface at the low vapor quality is larger than that at
high vapor quality. With the increases in X, the vapor flow velocity increases,
and the growth of bubbles are suppressed. Bubbles (foaming) have the effect
of disturbing the liquid film near to the heated surface and wetting the dry
wall surface. These effects become more significant at low vapor quality with
larger bubbles. At high vapor quaility region, both the size and amount of the
bubble decreases, the heat transfer coefficient is more affected by the additional
heat transfer resistance with the presence of oil, rather than the heat tranfer
enhancement due to the foaming.

3.3.4 Pressure Drop

Pressure drop was also measured in 2 and 4 mm tubes and some examples are shown
in Fig. 3.12 to show the effect of the oil circulation rate (Cy). The symbols in the figure
show the measured values, and the solid line and the broken line approximate the
measured values by a quadratic curve. The 0 point of the pressure drop is deviated
because the quality of the inlet of the evaporation tube differs depending on the
experiment.

According to the experimental results, the pressure drop increases with the
increase of Cy, mainly due to the increase in viscosity with the presence of lubri-
cating oil. In addition, the local oil concentration increases toward the downstream
of the evaporation pipe, and the viscosity of the refrigerant-lubricating oil mixture
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Fig. 3.11 Heat transfer
coefficients for the
4.0-mm-ID tube
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Fig. 3.12 Effect of oil circulation rate (Cp) on pressure drop

also increases. Regarding the flow pattern, the major difference between the flow
pattern of Cyp = 0 wt% and the flow pattern of Cy > 0 wt% is whether or not there
is bubbling. An increase in Cy increases foaming and causes bubbles to accumulate
on the gas—liquid interface and wall surface, narrowing the gas-phase flow path.

Table 3.3 summarizes the experimental results. L is the length of the evaporation
tube, AP is the pressure drop, and APy, is the ratio of the maximum pressure loss
to AP at Cyp = 0 wt%. Due to the presence of oil, the increase in pressure loss in
the 2 mm tube is more evident than that in the 4 mm tube. Considering that the size
of generated bubbles does not depend on the pipe diameter, it is assumed that the
smaller the pipe diameter, the larger the proportion of the bubbles in the pipe cross
section. Therefore the smaller the pipe diameter, the greater the pressure drop raio
due to the presence of lubricating oil.

Table 3.3 Pressure drop along the tube

1.D G q L Co AP APratio
[mm] [kg/m? s] [kW/m?2] [m] [Wt%] [kPa] [-]

2 150 12 0.88 0~443 45~13 29

2 150 24 0.44 0~4.46 125~6 48

2 300 12 1.76 0~447 30.5~52 1.7

2 300 24 0.88 0~341 14 ~27 1.9

4 100 6 2.547 0~3.54 3~35 12

4 100 12 1.698 0~321 2~4 2

4 200 6 4.47 0~3.65 19 ~25 13

4 200 12 2.547 0~3.15 7.5~10 1.3
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3.4 Conclusions

Flow boiling heat transfer of an 0il-HFO-1234yf refrigerant mixture was experi-
mentally investigated in horizontal small-diameter tubes of different diameters (2-
and 4-mm ID). The local heat transfer coefficients were measured at mass fluxes of
100-300 kg/m? s, heat fluxes of 6-24 kW/m?, and an evaporating temperature of 15
°C. The results are summarized as follows:

1. As the oil concentration increases in the low vapor quality region (x < 0.6), the
boiling heat transfer coefficient is first reduced and then increases, whereas in the
high vapor quality region (x > 0.6), the boiling heat transfer coefficient decreases
monotonically.

2. The flow observations indicated that foaming becomes violent with increases in
the Cy (0.44 wt% or more): the moving bubbles disturb the liquid film on the
heated surface and wet the dry wall, and 4 increases (x < 0.4-0.6). In the region
dominated by the nucleate boiling, increasing ¢ causes more violent foaming,
resulting in an increase in A.

3. The increase in pressure drop due to the presence of lubricating oil is more
evident in the 2 mm pipe than that in the 4 mm pipe. It is believed that the effect
of bubbles on pressure drop increases with decreasing tube diameter.
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Chapter 4 )
Analysis of Air Side Cooling e
and Dehumidification Performance

in Evaporator in Direct Expansion (DX)
Variable Refrigerant Flow (VRF)
Air-Conditioning (A/C) System

Liang Xia and Isaac Lun

4.1 Introduction

4.1.1 Direct Expansion (DX) Air Conditioning (A/C) System

The development of air conditioning technology is not only the natural result of
pursuing high-quality living and working environment, but also solving sustainability
problems. For small and medium-sized buildings, the most commonly used air condi-
tioning system is the direct expansion (DX) type. Compared with large central chilled
water air conditioning units, DX air conditioning system has many advantages such
as higher energy efficiency, simpler system configuration, and lower ownership and
maintenance costs. However, most DX air-conditioning systems are equipped with
single speed compressors and forced draft fans, relying on the on—off circulating
compressors as a low-cost method to only maintain the dry bulb temperature of
indoor air, resulting in space supercooling or indoor relative humidity (RH) levels
out of control. With the progress of air conditioning technology and the wide applica-
tion of variable speed drive (VSD) technology, the speed of compressor and blower
of DX air conditioning unit may change. Therefore, when the apparent cooling load
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and potential cooling load in the air conditioning space provided by DX air condi-
tioning unit change, the speed of its compressor and blower can be changed at the
same time to control the indoor temperature and relative humidity at the same time.

In order to better control the indoor temperature and relative humidity of DX air
conditioning unit at the same time, it is necessary to study the simultaneous heat and
mass transfer characteristics in its DX cooling coil, which is an important component
of DX air conditioning unit under different operating conditions.

Heating, ventilation and air conditioning (HVAC) technology has been developed
for more than a century. The development of this technology is the natural result
of pursuing high-quality living and working environment and solving sustainability
problems at the same time. However, the widespread use of air conditioning tech-
nology based on mechanical cooling began roughly half of a century ago. At present,
air conditioning devices have been widely used in almost all types of buildings, such
as industrial, commercial and residential buildings, for different purposes, such as
providing/maintaining a thermal comfortable living or working indoor environment
for building occupants, or the indoor thermal environment required by industrial
processes. However, air conditioning is generally regarded as air cooling, and air
dehumidification is ignored.

This simple understanding of air conditioning is neither useful nor accurate. Air
conditioning is actually a process of handling the air in the internal environment to
establish and maintain the required temperature, humidity, cleanliness and movement
status [1]. This clearly shows that these are the four basic parameters that the air
conditioning system must deal with.

Buildings located in subtropical humid and hot areas (such as Hong Kong) may
encounter serious indoor thermal environment control problems, usually manifested
as relatively high indoor humidity levels. In Hong Kong, from May to September,
summer is hot and humid, and most of the rainfall occurs during this period. Besides,
Hong Kong is also one of the most densely populated places in the world. More
than 90% of residential buildings are high-rise buildings with 10 to 30 floors. At
present, with the increase of family income and the improvement of living standards,
people regard air conditioning as a basic requirement to maintain a hot and suitable
environment in different types of buildings. In residential buildings, split, window
and encapsulated direct expansion (DX) air conditioning units are usually used.
Therefore, the energy consumption of DX air conditioning units plays a leading role
in the total residential energy consumption, accounting for one third of the total
residential power consumption in recent years [2, 3].

DX air conditioning unit is a single package equipment, which provides the basic
functions of air distribution, outdoor air induction and filtration, and cooling/heating.
Compared with large central chilled water air conditioning units, this type of air
conditioning unit has many advantages, such as simpler configuration, higher energy
efficiency, and generally lower ownership and maintenance costs. Because of these
advantages, DX air conditioning units are widely used in small and medium-sized
buildings in different regions of the world, especially residential buildings. However,
most DX air conditioning units are currently equipped with single speed compressors
and fans, and rely on the on—off circulating compressors to only maintain the dry bulb
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temperature of indoor air, resulting in space overcooling or indoor relative humidity
(RH) level out of control. In addition to poor indoor air quality and low energy
efficiency [4, 5], DX air conditioning devices controlled by switches usually reduce
the thermal comfort of passengers. In order to improve the indoor thermal comfort
of buildings served by DX air conditioning units, especially those in hot and humid
climates, many new control strategies have been developed to maintain appropriate
indoor comfort and acceptable indoor air quality, while minimizing energy use.
Accurate analysis and modeling of heat and mass transfer in DX air cooling coil is
very important for the successful development of new control strategies.

4.1.2 Indoor RH Level and Its Effect on Human Thermal
Comfort

Previous investigations on the impact of relative humidity levels on indoor air quality
and thermal comfort have shown that high and low levels of relative humidity will
bring health problems to passengers. Although the polluted aerosol generated by the
spray humidification system grows on the surface, resulting in thermal neutrality,
the high level of indoor air relative humidity may bring health problems to residents
[6]. Generally speaking, the health-related factors related to indoor relative humidity
level include dust mites, fungi, bacteria, viruses and abiotic pollutants. The research
shows that the indoor relative humidity level higher than 50% will help to increase
the number of dust mites. Indoor relative humidity level higher than 70% will provide
a good environment for the growth of fungi. Fungi and dust mites found in houses
have been identified as the main causes of asthma and hay fever [6]. All agents
affect human health mainly by inhaling indoor air, although some of them have less
impact through the skin. Inhalation of hot and humid air leads to a high degree of
insufficient mucosal cooling of the upper respiratory tract and high skin humidity,
which will increase the risk of allergic patients [7]. In addition, many chemicals found
indoors interact with water vapor to form respiratory tract and skin irritants. The
impact of high relative humidity on chemical substances includes the new emission
of formaldehyde in building and decorative materials; Combine with sulfur dioxide
to form aerosols, salts and acids, including sulfuric acid and sulfate; As well as the
stimulation of odor, particles and steam (such as acrolein) [8].

Although there are problems with high relative humidity levels, low relative
humidity levels can also affect comfort and health. A low relative humidity level
may cause dry skin and mucous surfaces, promoting the accumulation of static elec-
tricity on fabrics and other data in buildings. On the respiratory surface, drying can
concentrate mucus to the extent that ciliary body clearance and phagocytosis are
reduced. Therefore, under low relative humidity conditions, usually when the dew
point is below 0 °C, comfortable complaints about dry nose, throat, eyes and skin
often occur. Low relative humidity levels also increase susceptibility to respiratory
diseases and discomfort, such as asthma. Allergic people, newborns and the elderly
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are more vulnerable to respiratory tract infections [9]. On the other hand, a low rela-
tive humidity level will promote the formation of indoor ozone. High ozone concen-
tration, coupled with poorly ventilated equipment, will also stimulate the mucous
membranes of eyes, nose, throat and respiratory tract. Third, it is well known that
low relative humidity levels are general catalysts for the chemical interaction of
various irritants and toxic substances (commonly referred to as “smoke”). Indoor
smoke is likely to be the cause of most ozone like symptoms. Smog is usually asso-
ciated with tight building complications in office buildings and commercial buildings

[8].

4.1.3 Suitable Range of Indoor RH for Thermal Comfort

When discussing indoor relative humidity control, the value of water content is less
important than that of relative humidity, because relative humidity is actually easier
to measure. According to ASHRAE 2001 basic principles manual, the comfortable
temperature range in summer is between 23 and 26 °C [10]. Similarly, the evaluation
of indoor air quality and thermal comfort also requires a suitable range of indoor
relative humidity.

Although the temperature dimension for measuring comfort has been clearly
defined and supported by laboratory and field observations, the relative humidity
limit is uncertain, especially the upper limit. At a low relative humidity level, the
thermal feeling is a good indicator for the overall thermal comfort level and accept-
ability. However, at high relative humidity levels, it has been observed that thermal
sensation itself is not a reliable predictor of thermal comfort [11]. In addition, the
upper limit of relative humidity affects the design and operation of air conditioning
units, because it determines the amount of dehumidification and affects the energy
use, peak power demand, the design and operation of buildings and their engineering
systems. In addition, the upper limit of relative humidity determines the range of
climatic conditions in which ventilation and direct evaporative cooling can replace
traditional cooling [12].

The upper limit of relative humidity in the comfort zone is controversial and not
clearly defined, which can be proved by the evolution of indoor relative humidity
standards since the beginning of the last century [13]. Before 1915, the archives of
the American Society of HVAC engineers (ASHVE) almost only focused on the
ventilation rate of different levels of buildings, and rarely mentioned the indoor rela-
tive humidity. In 1915, ASHVE introduced an upper limit of 50% relative humidity,
which is desirable, but not mandatory. In 1920, ASHVE adopted the “synthetic air
diagram”, with the air wet bulb temperature limit of 14.8 °C. In the 75 years since the
use of the chart, the upper limit of relative humidity has changed from 60 to 100%. In
1932, ASHVE ventilation standard extended the upper limit of relative humidity of
the chart to 70% of all temperatures. In 1938, ASHVE designated 75% as the upper
limit, which remained unchanged for the next 20 years. In 1966, with the introduc-
tion of ANSI/ASHRAE Standard 55, the upper limit of 75% was reduced to 60%. In
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1974, the upper limit of relative humidity was set to the moisture content of 12 g/kg
dry air (65% relative humidity at 24 °C dry bulb temperature or 13.8 °C dew point
temperature), which is still valid in the 1981 ANSI/ASHRAE Standard 55 [12]. In
1985, Theodore Sterling Co., Ltd. in British Columbia, Canada, and Simon Fraser
University completed a research project and established a widely accepted chart
showing the optimal relative humidity range between 30 and 60% [8]. In the 1989
and 1992 editions, ANSI/ASHRAE Standard 55 was mainly based on the consid-
eration of mold growth, and stipulated that the upper limit of relative humidity was
60%. For ANSI/ASHRAE Standard 55, in the 1992 and 2004 editions, the recom-
mended upper humidity limit was reversed to 12 g/kg dry air moisture content, which
is independent of condensation, pollution and damage to building components on
the building surface, and there is no lower humidity limit for thermal comfort [14].
In addition, in the 2001 ASHRAE basic manual, ASHRAE summer comfort areas
were identified as areas between 23 and 26 °C dry bulb effective temperature (ET)
on the humidity map, and between 2 °C dew point temperature and 20 °C wet bulb
temperature [10]. Moreover, in the 2000 ASHRAE HVAC system and equipment
handbook, the acceptable relative humidity range is reduced to 30-60% at normal
room temperature to reduce the growth of bacteria and biological organisms and
the rate of chemical interactions [15]. Finally, ANSI/ASHRAE Standard 62-2001
“ventilation with acceptable indoor quality” and the U.S. Environmental Protection
Agency (EPA) both recommend maintaining the indoor relative humidity between
30 and 60% to shrink the growth of allergies or pathogenic microorganisms [14].
Thus, for all buildings, the upper limit should be set at 60% relative humidity, the
appropriate range of indoor relative humidity should be between 30 and 60% rela-
tive humidity, and the appropriate range of indoor air dry bulb temperature should
be between 23 and 26 °C.

4.1.4 Variable-Speed Compressor and Supply Fan in a DX
A/C Unit

For DX air conditioning units, the sensitive and potential components of the total
output cooling capacity can be changed by changing the blower speed and compressor
speed at the same time. One available strategy is to control the space temperature and
the space relative humidity level by changing the compressor speed and the blower
speed respectively. The changes of the two speeds change the sensitive and potential
components of the total output cooling capacity of DX air conditioning units [16].
Krakow et al. [16] experimentally tested the feasibility of this control strategy.
The air-conditioned space is a 73.5 cubic meter room on the ground floor of a large
building in Canada. The experimental results show that the space temperature and
relative humidity are kept within the range of + 0.3 °C and % 2.5% relative humidity
of their set values, respectively. The sensitive and potential part of the output cooling
capacity of the air conditioning unit seems to respond to changes in the applied and
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transmitted space cooling load. The space cooling load applied on the air conditioning
unit is composed of the heat output of the resistance space heater and the humidi-
fier. The transmitted space cooling load includes uncertain heat transmitted through
the external and internal enclosures. A numerical simulation model combined with
proportional integral derivative (PID) control is also developed. The experimental
and simulation results confirm the feasibility of the control strategy. However, in
this study, only a simple comparison and analysis were carried out, and the detailed
temperature and relative humidity data and related energy consumption were not
disclosed. In addition, it is observed from the experimental results that the transient
behavior is poor, because after the newly increased power input of the humidifier, it
takes about 2 h for the indoor relative humidity to return to the original level before
the interference.

Andrade et al. [17] carried out a numerical simulation in which a detailed phys-
ical based air conditioning simulation model was included by adding a load equa-
tion that describes the space sensitivity and potential cooling load experienced by
typical residential buildings. The simulation results show that the use of variable-
speed compressor and variable-speed blower can help to prevent short-term on—off
cycles and improve indoor relative humidity control. At the same time, it is possible
to improve the system efficiency through different compressor and blower speed
combinations at the cost of prolonging the operation time of DX air conditioning
units. This study mainly focuses on the on—off cycle of condensing unit in DX air
conditioning unit, rather than continuous control. Li and Deng [18] experimentally
studied the total refrigerating capacity and SHR under different combinations of
compressor speed and fan speed under fixed indoor air temperature and relative
humidity. The experimental results reveal the inherent operating characteristics of
DX air conditioning system with variable speed compressor and blower. Based on
these experimental results, Li and Deng [19, 20] developed a control algorithm that
uses SHR as the control variable to simultaneously control the space air temperature
and relative humidity.

4.1.5 Modeling the Heat and Mass Transfer Taking Place
on the Airside of DX Air Cooling Coils

On the airside of DX air cooling coil and chilled water cooling coil, when the airside
surface temperature is lower than the air dew point temperature, heat and mass transfer
will occur at the same time. Therefore, the airside surface of the cooling coil is wet.
There are usually three methods to simulate the thermal performance of wet cooling
coil: (1) Lumped parameter model; (2) Distributed numerical model; (3) Analytical
solutions of basic governing equations.

Most of the developed models are based on either centralized parameters or
distributed parameters. Since the spatial distribution of air temperature, relative
humidity and chilled water or refrigerant temperature is not calculated, the lumped
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parameter model is very convenient in application. This is important when developing
lumped parameter models to determine the driving forces of heat and mass transfer
between the hot side and the cold side. In the wet cooling coil, the driving force
that transfers heat and mass from the warm and humid air side to the cold water or
refrigerant side at the same time is different from the driving force that transfers heat
only in the dry cooling coil. In the case of heat transfer only, the driving force is the
temperature difference between the hot side and the cold side. For dry cooling coils,
the logarithmic mean temperature difference (LMTD), as shown in Eq. (4.1), and
Effectiveness-Number of heat transfer units (e-NTU) methods are generally used.

However, in the case of simultaneous heat and mass transfer, the enthalpy differ-
ence between air and the cooling medium (chilled water or refrigerant) is used as the
driving force [21]. The total heat transfer rate can be calculated by the product of the
total heat transfer coefficient, surface area and logarithmic mean enthalpy difference
(LMED), as shown in Eq. (4.2).

qa = Uy g Ay ATy “4.1)

quw = Uo,onAhlm (42)

where g, and g,, are the total heat transfer rates in a cooling coil under a dry condi-
tion and a wet condition respectively; U,, and U,,,, are the overall heat transfer
coefficients under a dry condition and a wet condition respectively; AT, and Ahyy,,
are the logarithmic mean temperature and enthalpy differences respectively; A,, is
the overall heat transfer area.

Similar to LMTD method, the use of LMED method gives a fast and convenient
approach for predicting the thermal performance of DX or cold water air cooling
coil. Therefore, this method has been widely used since it was proposed [22-28].

The Equivalent Dry-bulb Temperature (EDT) method is another lumped parameter
modeling method proposed by Wang and Hihara [29]. Based on the definition of
EDT method, the description of driving force is replaced by equivalent dry bulb
temperature difference instead of enthalpy difference, so as to obtain

Gw = q,wAq (Tcid - Ts) 4.3)
where «,,, is the airside heat transfer coefficient under wet condition; A,, is the airside
heat transfer area; Ty, is the airside surface temperature; T, 4 ¢, is the equivalent dry
bulb temperature of moist air, which can be obtained from the constant enthalpy line
in the psychrometric chart. The EDT method has been proved to be able to predict
the thermal performance of cooling coils, hence it has been adopted in previous
investigations [30, 31].

Although the lumped parameter model is convenient to calculate, it inevitably
needs some assumptions. These assumptions include: (1) when calculating the total
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heat transfer coefficient, there is a linear relationship between the enthalpy of satu-
rated wet air and its temperature; (2) Organize Lewis number, which is used to estab-
lish the linear relationship between the total heat transfer rate and enthalpy differ-
ence in micro scale elements; (3) Constant thermal performance of air and cooling
medium; 4) One dimensional countercurrent or parallel flow cooling coil represents
three-dimensional cross flow cooling coil. When using the lumped parameter method,
these assumptions will obviously lead to some calculation errors.

The distributed parameter numerical model is developed based on the fact that
all thermal variables, such as the temperature and moisture content of air and the
temperature of chilled water or refrigerant, change continuously along their own
flow direction. Thus, it is reasonable to divide the whole cooling coil into multiple
connected micro scale elements, in which the spatial distribution of thermal variables
isignored, and the distribution of thermal variables in the cooling coil can be reflected
by evaluating the differences of thermal variables in different elements. The basic
differential control equations of heat and mass transfer are discretized and iteratively
calculated. Therefore, the distributed numerical model can provide accurate results
at the cost of more computing time and space.

The distributed parameter numerical model of air cooling coil are commonly found
in literature [25, 32-42]. In general, the results of distributed parameter numerical
models can be used for verifying the results of other types of models in terms of
accuracy.

Another approach that investigates thermal performance of wet cooling coils is
using the analytical models. When developing the analytical model, the basic differ-
ential governing equations are solved analytically. These solutions can then be used
to determine the changes of all thermal variables along the flow direction of air
and cooling medium. There are not many analysis models proposed to evaluate the
thermal performance of the whole DX air cooling coil (usually a fin-and-tube heat
exchanger), due to the complexity of the air cooling coil in practical application,
except for the analysis model developed for the fins in the fin-and-tube air cooling
coil [43]. In addition, analytical models have been developed to study the thermal
performance of other types of heat exchangers [44—48].

4.1.6 Proposition

From the above literature review, it is obvious that DX A/C system is widely used in
small and medium-sized buildings because of its advantages of simple configuration,
high energy efficiency and low cost of ownership and maintenance. Using DX A/C
system with variable speed compressor and supply fan is the most effective way to
control indoor air temperature and relative humidity within an appropriate range. In
order to develop the advanced new control strategy of DX A/C system, it is necessary
to understand the thermal performance of DX cooling coil in DX A/C system in detail.
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Previous investigations have modeled the thermal performance of DX cooling
coil under different operating conditions, and studied the inherent operating charac-
teristics with various combinations of compressor and supply fan speeds. However,
the studies have not determined the quantitative relationship between sensible heat
transfer rate and total heat transfer of DX cooling coil under different operating
conditions. This indicates that a computational method needs to be developed to
evaluate the quantitative relationship.

There are three methods that can be used to establish mathematical models for
evaluating the thermal performance of DX cooling coils. The lumped parameter
method is usually adopted. However, in all lumped parameter models, the airside
surface of the superheated region (SPR) of the DX cooling coil is always assumed
to be dry without any further detailed analysis. Therefore, it is necessary to further
study the dehumidification effect of airside SPR in DX cooling coil. In addition, the
literature review also shows that in the previous models for evaluating the thermal
performance of DX cooling coils, the Lewis number (or Lewis factor) is generally
assumed to be 1. However, a lot of experimental work have shown that the Lewis
factor may deviate from 1. Therefore, a method should be developed to evaluate
the simultaneous heat and mass transfer of DX cooling coils under organized and
unorganized Lewis factors.

This chapter focuses on the following main problems related to simulating the
simultaneous heat and mass transfer of DX cooling coil under various operating
conditions, namely; (1) develop a calculation method to evaluate the ratio of output
sensible cooling capacity to total output cooling capacity of DX cooling coil under
different operating conditions, or Equipment SHR; (2) Evaluate the dehumidification
effect of SPR air side of DX cooling coil; (3) propose a new lumped parameter model
to evaluate the airside thermal performance of wet DX and wet cold water cooling
coils under unit and non-unit Lewis factors. In order to verify the model, these
modeling results are compared with the corresponding experimental results.

Thus, in this chapter, the details of the experimental station are firstly outlined
in this chapter; secondly the calculation method of evaluating equipment SHR is
reported; thirdly, the dehumidification effect of the airside SPR of DX cooling coil
was shown; a new lumped parameter model to evaluate the airside thermal perfor-
mance of wet DX and wet cold water cooling coils under unit and non-unit Lewis
factors is finally proposed and presented.

4.2 Experimental Station

An experimental DX A/C station is provided by the HVAC Laboratory of the Depart-
ment of building services engineering at the Hong Kong Polytechnic University. The
main purpose of establishing the experimental station is to promote the development
of research work related to DX A/C technology. The experimental station is similar
to a typical DX A/C system. The experimental station adopts advanced technologies
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such as variable-speed compressor and blower, electronic expansion valve (EEV)
and computer data measurement, recording and control system.

4.2.1 Detailed Descriptions of the Experimental System
and Its Major Components

The experimental DX air conditioning station has two main parts, namely DX
refrigeration device (refrigerant side) and air distribution sub-system (airside). The
schematic diagrams of the whole experimental station and DX refrigeration device
are given in Figs. 4.1 and 4.2 respectively.

As indicated in Fig. 4.2, the main components of DX refrigeration plant include
variable-speed rotor compressor, EEV, high-efficiency tube louver fin DX evaporator
and air-cooled tube plate fin condenser. The evaporator is situated in the air supply
duct as a DX air cooling and dehumidification coil, and its details are illustrated in
Fig. 4.3. Its louver fins are made of aluminum whereas its tubes are made of copper.
The geometric parameters of DX cooling coil are provided in Table 4.1. The design air
surface velocity of DX cooling coil is 2.5 m/s. The nominal output cooling capacity
of the DX refrigeration unit is 9.9 kW (~2.8 RT). However, the actual output cooling
capacity of the DX refrigeration unit can be adjusted from 15 to 110% of the nominal
capacity (cf. see Table 4.2 for other details of the compressor). The compressor is
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Fig. 4.1 The schematic diagram of the complete experimental DX A/C station
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Fig. 4.2 The schematic diagram of the DX refrigeration plant

controlled by a VSD. The EEV, which includes throttle needle valve, stepping motor
and pulse generator, is used to maintain the required degree of refrigerant overheating
at the evaporator outlet. The working fluid of the device is refrigerant R22, with a
total filling capacity of 3.3 kg.

Furthermore, two three-way valves and two flexible joints are reserved in the
refrigerant pipeline, and their positions are shown in Fig. 4.2, so that the station may
be modified for other relevant studies. In practical applications, the air duct of the
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Fig. 4.3 Simplified schematics of the DX cooling coil
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Table 4.1 Geometrical parameters of the DX cooling and dehumidifying coil

Parameter Value Unit
Outside tube diameter: 9.52 mm
Inside tube diameter: 8.86 mm
Length of the windward area: 420 mm
Height of the windward area: 470 mm
Length of coil along air flow direction: 129.9 mm
Overall heat and mass transfer area of the coil: 24.64 m?2
Overall outside area of tube: 1.36 m?2
Fin pitch: 2.0 mm
Fin thickness: 0.15 mm
Number of the windward transverse tube: 18 —
Number of the tube row: 6 —
Number of refrigerant loop: 4 —

Table 4.2 Details of the Model HITACHI THS20MC6-Y
variable-speed compressor
Allowable frequency range 15~110Hz
Rated capacity 9900 W at 90 Hz
Displacement 3.04 ml/rev

condenser is usually not required, which is used to transmit the heat discharged by
the condenser to the outside. The condenser fan is located in the condenser air duct
and can be operated at variable speed. The electric heater controlled by the Solid
State Relay (SSR) is used to regulate the temperature of the cooling air entering
the condenser for various experimental purposes. The refrigerant mass flowmeter is
installed upstream of the EEV. Other necessary accessories and control devices, such
as oil separator, refrigerant receiver, observation window and safety device, are also
provided in the refrigeration unit to ensure its normal and safe operation.

The air distribution subsystem in the experimental DX air conditioning station
is displayed in Fig. 4.1. It can be seen that the DX A/C station encompasses an
air distribution duct system with return air and outdoor dampers, a variable speed
centrifugal blower with its motor located outside the duct, and an air conditioning
space. The supply fan is controlled by VSD. Table 4.3 gives the details of supply fan.

The size of air conditioning space is 4.6 m (L) x 3.8 m (W) x 2.8 m (H). Within
this space, there are sensible heat and sensible humidity load generator units (LGU).
These devices are designed to simulate the cooling load in an air-conditioned space.
Through the programming of the operator, the heat and moisture generation rate
regulated by SSR can be changed manually or automatically through the preset mode.

Table 4.3 Details of the

- Model KRUGER BSB 31
variable-speed supply fan

Nominal flow rate 1700 m3/h (0.47 m3/s)
Total pressure head 1100 Pa
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Furthermore, a leakage outlet with a residual pressure relief damper is installed in
the space in order to maintain a positive internal pressure not exceeding 20 Pa at all
times.

Figures 4.1 and 4.2 also depict the computerized instruments of the experimental
DX A/C station. The power station is equipped with complete instruments to measure
all its operating parameters, which can be divided into three types, namely temper-
ature, pressure and flow rate. Since all measurements are computerized, all sensors
and measuring equipment can output direct current (DC) signals of 4-20 mA (or
1-5V), which are transmitted to DAS for data logging and recording.

Five sets of air temperature and humidity measurement sensors are housed in the
air distribution subsystem of the experimental station. The relative humidity of the
air is indirectly evaluated by measuring the dry and wet bulb temperatures of the
air. On the other hand, as indicated in Fig. 4.2, there are five temperature sensors
used to measure the refrigerant temperature in the DX refrigeration unit. In order
to ensure the rapid response of the sensors and facilitate the study of the transient
behavior of the DX refrigeration device, these temperature sensors are inserted into
the refrigerant circuit to make direct contact with the refrigerant. The temperature
sensors of air and refrigerant are platinum resistance temperature devices (RTDS),
connected by three-wire Wheatstone bridge, and the pre calibration accuracy is +
0.1 °C. The RTD specifications are: Sino pt100/0 °C-3w, Class A, SUS & 3.2-150L.

The pressure transmitters are used to measure the refrigerant pressure at different
positions in the DX refrigeration plant, and the accuracy is = 0.13% of the full scale
reading (model: SETRA C206). A barometer (model: VAISALA PTB-101B) with
an accuracy of & 0.05 kPa is adopted to measure atmospheric pressure.

There are two sets of air flow measurement devices (FRMA) in the air distribution
system. A set of FRMA is used to measure the total supply air volume, that is, the air
volume through the DX cooling coil. The other is used to measure the air flow through
the condenser. These FRMA are built according to ANSI/ASHRAE Standards 41.2,
including nozzles of different sizes, diffusion baffles and pressure gauges with a
measurement accuracy of & 0.1% of full scale reading (model: ROSEMOUNT 3051).
The number of nozzles in operation can be changed automatically.

As an alternative, the hot film wind speed with a reporting accuracy of &+ 0.1 m/s
is used to measure the outdoor air flow rate (model: E + E 70-VT62B5). The
anemometer is installed 500 mm downstream of the outdoor air inlet, which is
longer than the 200 mm inlet length recommended by the manufacturer to ensure
the measurement accuracy of outdoor air volume. Pulse width modulation (PWM)
digital power measurement is used to measure the power consumption of variable-
speed compressor, and the reported uncertainty is & 2% of the reading (model:
EVERFINE PF9833). The refrigerant mass flow rate through EEV is measured by
Coriolis mass flow meter, and the reporting accuracy is &= 0.25% of the full-scale
reading (model: KROHNE MFM1081K + F). The static pressure of the supply air
is measured by ROSEMOUNT 3051 manometer which reports with an accuracy of
4 0.1% of the full-scale reading.



58 L. Xiaand I. Lun

In order to ensure the measurement accuracy of air flow temperature in the air duct,
the experimental station uses the standardized air sampling device recommended by
ISO Standard 5151.

4.3 A Calculation Method for Steady State Equipment
SHR of DX Air Conditioning Units

Previous work related to Equipment SHR [18, 49, 50] have been reported in Sect. 4.1.
In these studies, however, there is no theoretical or numerical analysis of the SHR
of DX cooling coil equipment. This section delineates the development of an entire
set of calculation methods for steady-state Equipment SHR of DX cooling coil. The
development is based on the basic principle of simultaneous heat and mass transfer
in DX air cooling coils, and the calculation method has been verified by experiments.

The DX cooling coil depicted in Fig. 4.3 is adopted to develop the calculation
method and a schematic diagram of a simplified DX cooling coil is given in Fig. 4.4.
The air enters the coil on the right and flows through the surface of the louver fin, as
shown in Fig. 4.3. The refrigerant flows in a cross countercurrent arrangement. The
geometric parameters of DX cooling coil are given in Table 4.4.

Airside  dx  Refrigerant side Coil tube metal

A R

»

Air
—

RN RN

X
PUa—

1 L 2 Refrigerant

Fig. 4.4 Schematics of counter flow arrangement and an incremental control volume

Table 4.4 Operating conditions applied to both the calculation and experiments

Operating parameters Value Unit
Inlet air dry-bulb temperature: Tad.1 24 °C
Inlet air relative humidity: RH; 50%

Condenser cooling air flow rate: 3100 m3/h
Condenser cooling air inlet temperature: 35 °C
Refrigerant degree of superheat: 6 °C
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4.3.1 Assumptions

The following assumptions were made in developing the Calculation Method:

e The cross-flow cooling coil is regarded as a counter flow heat exchanger, which
is a commonly made assumption in previous studies [23, 38, 51, 52]. Figure 4.5
gives the countercurrent arrangement of DX cooling coil, where “1” represents
the air inlet and refrigerant outlet and “2” denotes refrigerant inlet and air outlet;

e The heat transfer resistance of coil metal tube is very small, so it can be ignored
[15];

e The thickness of condensate film is very small [53], thus its thermal resistance
can be neglected;

e It is assumed that the refrigerant of the whole DX cooling coil is in two-phase
state. Generally, the refrigerant side of DX cooling coil can be divided into two-
phase zone and overheating zone. However, according to Chen and Deng [54],
the heat transfer in the two-phase region accounts for more than 90% of the
total heat transfer, and 93.4% of the experimental percentage was obtained in the
previous model validation [55]. On the other hand, when the average temperature
of the air passing through is 20 °C (return or indoor temperature is 25 °C, and
the air supply temperature is 15 °C), the evaporation temperature is 5 °C, and the
normal overheating degree is 6 °C, the temperature difference between the air and
refrigerant in the two-phase zone is 15 and 12 °C respectively, or 25% of the heat
transfer temperature difference. Therefore, if the whole DX coil is assumed to be
located in the two-phase region on the refrigerant side, the total deviation of heat
transfer is about 2%.

4.3.2 Development of the New Calculation Method

The incremental overall outside heat and mass transfer area, dA,, is considered to be
linearly related to the length of the incremental control volume, dx, as indicated in
Fig. 4.4, where P is a linear coefficient:

dA, = Pdx (4.4)

The sensible heat transfer rate between air and refrigerant, dg,, in the incremental
control volume is given:

dqs = U,(T, — T,) Pdx 4.5)

where U, is the overall heat transfer coefficient of the DX cooling coil, and can be
calculated by
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1 1 1
= 4.6
Ushy — a A, agnoA, (4.6

The sensible heat transfer rate from O to x in the airside can also be calculated by
using the temperature difference between air temperatures at 0 and x:

qs = macpa(Tad,l - Ta) 4.7)

To obtain gy, T, needs to be eliminated by substituting Eq. (4.7) into Eq. (4.5):

dg, = _U0<L

a‘“pa

+ Tr - Tad,l) Pdx (48)

Integrating Eq. (4.8) from O to x (g, = 0 when x is zero), to obtain g;:

U,P
qs = macpa(Tad,l - Tr) + macpa(Tr - Tad,l) eXP(— Cx) (49)

MmaCpa

Similarly, for latent heat transfer:

dq; = hgeot (W — wy)n, Pdx (4.10)

qr = mahfg(wa,l - wa) (41 1)

where w, is the equivalent saturated moisture content at the refrigerant evaporating
temperature, T',. Substituting Eq. (4.10) into Eq. (4.11) to eliminate w,,

m {)P
M_X> 4.12)

qr = mahfg(wa,l - wr) + mahfg(wr - wa,l) eXP<— m
a

By definition, the Equipment SHR is the ratio of total sensible heat transfer rate to
the total heat transfer rate which is the heat transfer ratio from O to L, i.e.

L
dgy
SHR = — 109 (4.13)
f() dg, + fo dq

Now, putting Egs. (4.9) and (4.12) into Eq. (4.13), Equipment SHR can be evaluated
as:
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1
SHR = TR 4.14)
| Mahiy (w1 —w,)+ " DI T —exp((— 2mide )]
+ m(%C%a(Tr—Em) Up A
mUCpa(TadAl—l,)-ﬁ-T[l—exp(—#(_p"a)]

The Lewis Relation is described as Eq. (4.15);

Ya j (4.15)

U

In Eq. (4.14), T, is the evaporating temperature which assigns as an input variable to
the Calculation Method. Under normal operating environment of a DX cooling coil,
the Lewis Number (Le) in Eq. (4.15) is treated as 0.857 [21].

Many methods have been proposed to calculate the refrigerant heat transfer coef-
ficient, o, [56-58]. However, these methods are complex. Boissieux and co-workers
[59] carried out an extensive review and experimental work, subsequently the authors
proposed that the average heat transfer coefficient of R-22 in a wide operating range
is about 4000 W/ (m? °C). This value is employed in the current study.

The air-side heat transfer coefficient o, is achieved by Turaga and colleagues [60]:

2

Ao 023, S
@y = 0.04G,Cpo ()2 (£) P Re, “ P Prs (4.16)
A, Y

where Prandtl Number, Pr, is 0.71. Applying Lewis Relation, the mass transfer
coefficient, «,,, can be evaluated as:

A 0.23 S 1.15 ,% 5
o, = 0.04G, (—) (—") Re; S PrLes (4.17)
A, Y

In Egs. (4.16) and (4.17), the air mass flux, G,, is evaluated based on the minimum
flow area of airside, A,,, as:

G, = (4.18)

The overall fin efficiency, 7,, can be evaluated by the Hong-Webb Equation [61],

_ tanh(Mr,@) cos(0.1Mr,¢p)
- Mr,p

(4.19)

o

where @ and M are determined by the following equations:

<Ro )[ (Ro)]
o=(=2—-1)[14+035m( =2 (4.20)
o To
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M= (1| 4.21)
LKA, Cpa '

In Eq. (4.21), C is defined as:

= Wa—Wr (4.22)
T, —T,

Substituting Egs. (4.9) and (4.12) into Eqgs. (4.7) and (4.11) g, and g; can be eliminated
respectively, whereas the distribution equations of 7', and w, can be evaluated by:

T, = (T — T,) exp( 225 ) 4 1, (4.23)
a — ad, 1 r P macpa r .
AmMoPx
w, = (wa,l — w,) exp B + w, 4.24)

From Egs. (4.23) and (4.24), C is then calculated

C =

Wa 1 — Wy <U{,Px 3 ot,,m,,Px) 4.25)

exp
Ty — T, macpa mg

It should be noted that C as determined by Eq. (4.25) and to be used in Eq. (4.21),
is different from the McQuiston Assumption [62], which assumed C as a constant
only relating to the temperature and moisture content of inlet air to a cooling coil.
Using Eq. (4.25), a trial and error calculating procedure is needed to find the values
of C and n, in each incremental control volume.

The calculating procedures are as follows:

1. aninitial value of C is assumed

2. Eq. (4.19) is adopted to calculate 7,.

3. Egq. (4.25) is used to obtained new calculated values of C (5, using Eq. (4.19)). If
the error between the new and the assumed values of C satisfied the convergence
condition, the new calculated value of C and the corresponding 1, were accepted.

Equations (4.4-4.25) establish a complete procedure of the Calculation Method
for evaluating the steady-state Equipment SHR of DX cooling coil. As abovemen-
tioned, the refrigerant evaporation temperature of DX coil has been specified as
the input variable, so it must be known. It can be obtained through experiments or
modeling analysis, and input into the method to calculate the steady-state equip-
ment SHR of the cooling coil under fixed inlet temperature and relative humidity
(usually set for indoor air). For verification, the numerical results were obtained by
using the calculation method and compared with the experimental results obtained
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Table. 4.5 Selected Rotational speed (rpm) of Rotational speed (rpm) of
experimental compressor compressor supply air fan
speeds and supply fan speeds for Type 1 Experiment for Type 2 Experiment
2904 1584
3432 1872
3960 2160
4488 2448
5016 2736
5544 3024
6072 3312

by the experimental DX air conditioning station under the same operating conditions
described in the experimental station section.

Experimental conditions for validating the Calculation Method are given in Table
4.4. In order to investigate the effect of 7, on Equipment SHR, three types of
experiments were conducted as:

1. Keep air temperature, 7,4 1, and relative humidity, RH | the same at the cooling
coil inlet; maintain the supply air fan speed at 2448 rpm while varying compressor
speed from its minimum to maximum with 6 equal increments as indicated in
Table 4.5.

2. Maintain air temperature, 7,4, and relative humidity, RH,, the same at the
cooling coil inlet; keep the compressor speed at 3442 rpm while altering supply
fan speed from its minimum to maximum with 6 identical increments as presented
in Table 4.5.

3. Remain supply air fan speed and compressor speed at 2736 rpm and 5016 rpm
respectively, adjusting the output of LGUs followed the 7 selected sensible and
latent load combinations.

The mass flow rate and the inlet temperature of condensing cooling air are stayed
unchanged during all experiments.

The relative percentual error between calculated and measured Equipment SHRs is

given;

Calculated Equipment SHR — Measured Equipment SHR
Measured Equipment SHR

Relative Error =

(4.26)

Figures 4.6 and 4.7 present the relative errors and the measured refrigerant evap-
oration temperature in the three experiments. It is found that all relative errors are
within &+ 6%. This implies that the calculation method of SHR of the developed
equipment has been verified by experiments.

With this calculation model, the effectof 7', T 4 ; and W, ; on Equipment SHR can
be numerically studied. Generally, T,; and RH ; are reined at their fixed set positions,
and the evaporation temperature 7, may change with different operating conditions,
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Fig. 4.6 Relative errors and measured refrigerant evaporating temperature in Type 2 Experiment

resulting in changes in Equipment SHR. Figure 4.8 gives the relationship between
Equipment SHR and refrigerant evaporation temperature 7', using Type 1 and Type
2 experimental data. Using the developed method, we can consider «,,1n,A4, (about
2 ~ 5 times of m,) to explain the influence of 7, on Equipment SHR. Therefore,
Eq. (4.14) can be simplified as:

1
SHR = T+ (te/ Coa) a1 — (Bte/ Cpa ) wr (4.27)
Taan =T,
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Fig. 4.7 Relationship between calculated Equipment SHR and refrigerant evaporating temperature
in Type 1 and 2 Experiments

When T, isincreased, w, is also increased. However, since the order of (h¢s/Cpa)W,
is greater than that of T, Equipment SHR will be increased according to Eq. (4.27).
The trends illustrated in Fig. 4.7 validates this analysis.

In the experimental verification of the calculation method, the uncertainties
related to the experimental measurement of inlet air temperature (dry bulb and wet
bulb temperature), refrigerant temperature and DX cooling coil air quality flow are
evaluated.

Based on the description of the instruments which used in the experimental DX
A/C station, as mentioned in Sect. 4.2, the uncertainties caused by the estimated
maximum measurement error of these parameters are:

Air dry-bulb temperature: £ 0.1 °C

Air wet-bulb temperature: £ 0.1 °C

Evaporating refrigerant temperature: £ 0.1 °C
Mass flow rate of air: + 0.1% full scale of 0.71 kg/s

Hence, the uncertainty in the calculated results of the Equipment SHR, Ungyg, can
be determined from [63]:

d(SHR) d(SHR) d(SHR) J(SHR)
U = U 2 U 24 (——Unp,)? + (———Unp,)?
NSHR \/( 9Toa N )° +( o N 1)” + ( aT, nr, )=+ ( e Nmg)

(4.28)

where Unr,i, Unrawi, Uny and Uny, are uncertainties of 7'y, T awi, T and m,, respec-
tively. The values of the partial derivatives of Equipment SHR in Eq. (4.28) can be
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calculated by using Eq. (4.14). Thus, the result of uncertainty of SHR arising from
the experimental errors was found as 0.97%.

The maximum relative error of Experiment SHR calculation method is found
about &+ 6%. This may be attributed to the assumptions made when deriving the
calculation method, for instance; ignoring the existence of overheating zone (the
error is about 2%). Nevertheless, with the determination of relative error, it is deemed
that the accuracy of this method is acceptable.

4.4 Dehumidification Effects on the Airside of the SPR
of a DX Air Cooling Coil

As mentioned in Sect. 4.1, DX A/C units such as split-type air conditioners and
window-type air conditioners are usually adopted in small- and medium-sized build-
ings. For example, in the United States, according to the data of the Department of
Energy, the complete rooftop DX A/C system accounts for about 60% of the total
installed cooling capacity [64].

The key component of DX A/C unit is the DX air cooling coil. If its surface
temperature is lower than the dew point temperature of the incoming air, air cooling
and dehumidification will be carried out at the airside at the same time. It can be
assumed that the DX air cooling coil in operation has two areas, namely TPR and
SPR on its refrigerant side. As mentioned in Sect. 4.1, in the previous distributed
parameter model [34, 35, 65-67] and lumped parameter model [28, 55, 68—70], the
dry airside surface is always assumed in SPR without further detailed analysis.

The dehumidification effect of SPR airside in DX cooling coil is usually neglected,
which is likely because the airside surface area in SPR only accounts for a small part of
the surface area of the whole air side coil. This factor is also used in Sect. 4.3 when
formulating the calculation method of Equipment SHR. However, as indicated in
Fig. 4.8, in the experimental observation using the experimental DX air conditioning
station, when the coil inlet temperature and relative humidity (RH) are 24 °C and 60%
respectively, water droplets are clearly visible on the outer surface of the refrigerant
suction pipe of the DX cooling coil. The refrigerant suction pipe is usually considered
as part of the SPR. Therefore, experimental observations show that the assumption
of dry airside in DX cooling coil SPR needs to be re-evaluated.

This section details the dehumidification effect of SPR airside in DX cooling
coil by using a series of experiments carried out under different operating condi-
tions in the experimental DX air conditioning station described in Sect. 4.4. The
experimental conditions are firstly and briefly outlined. Then a calculation proce-
dure specially developed for processing experimental data is reported. Using this
calculation procedure, the surface conditions and steam condensation rate on the
SPR airside of DX cooling coil under different operating conditions are evaluated.
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Fig. 4.8 Water droplets formed on the surface of a refrigerant suction pipe

4.4.1 A Calculation Procedure for Evaluating
Dehumidification Effect on the Airside of a SPR

In this section, a calculation procedure is specially developed to process the exper-
imental data and also to evaluate the dehumidification effect of SPR airside in DX
cooling coil.

The following assumptions are used in developing the calculation procedure.

1. Assuming that DX cooling coil adopts countercurrent heat exchanger, the
countercurrent layout diagram of SPR is shown in Fig. 4.9.

2. The thermal resistance of the refrigerant pipe metal is ignored, thus, the outer
surface temperature of the refrigerant pipe is the same as that of the refrigerant
at the same position.

3. For the wet airside of SPR, the thermal resistance of water film is ignored.

SPR airside may have three different surface conditions, namely, completely
dry, completely wet and partially wet. Three types of lumped parameter calculation
methods are developed, as shown below.

Method 1: Under completely dry conditions

For the dry airside, the heat transfer rate g, in the SPR can be determined using the
LMTD method, as follows:

Air side o
/ Refrigerant Tube metal
/

N : - Refrigerant
Refrigerant side o

Fig. 4.9 Schematics of the counter flow arrangement in the SPR of a DX cooling coil
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(Tad,l - Tr,l) — (Tad,2 — Tr,2)

Taa,1 =T
In( Tad‘Z*T:.Z )

q = UsaA, (4.29)

where U, ; and A, are the overall heat transfer coefficient and heat transfer area on
the airside of the SPR respectively. The overall heat transfer coefficient can be found
by:

1 1 1

=+ (4.30)
Uo,dAo aA, n().daa,dAo

where A, is the inside refrigerant tube surface area; o, and ¢, 4 are the heat transfer
coefficients on the refrigerant and on the airsides respectively; 7, 4 is the overall fin
efficiency in fully dry condition.

In Eq. (4.30), A, and A, are not known. However, for a particular cooling coil, 4,
and A, can be linked by:
A, =C|A, 4.31)

where C; can be determined based on the geometrical characteristics of a coil. The
U, can be evaluated if the «,, @, 4 and n,,; are available. On the other hand, «, can
be calculated by using the ‘Dittus-Boelter Equation’ [71]. For calculating the heat
transfer coefficient on the airside in dry condition, «, 4, Turaga’s correlation [60] is
used.

The overall fin efficiency at a dry condition, 7, 4, is determined by:

Ay
Noa =1— A—(l — Na) (4.32)

where 7, and Ay are the fin efficiency, the entire fin surface area of the DX cooling
coil and n, can be evaluated by the Hong and Webb Approach [61] in dry condition.

The energy balance on both the air and refrigerant sides, respectively, give:

q = macpa(Tad,l - Tad,z) (4.33)
q =mCpe(Tr1 — Tp.2) (4.34)

Using Egs. (4.29), (4.33) and (4.34), and other known system parameters, g, T 442
and A, can be calculated. Based on T4, and T, the airside surface temperature at
the outlet of SPR, 7'», can be evaluated by:

r s y B )
(a T2+ 10.d0a.aCi1Taa 2)
(ar + no,daa,dcl)

Tir = (4.35)
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Method 2: Under fully wet conditions.

For wet airside, the sensible heat transfer rate, g, in the SPR can be evaluated by
using the LMTD method, as follows:

(Tad,l - Tr,l) - (Tad.Z - Tr.2)

Tag1—T,
In( L =T
( Taa =T

qs = Uo,on (436)

where U, is the overall heat transfer coefficient. Similar to Eq. (4.30), the overall
heat transfer coefficient can be calculated by [31]:

1 C 1
_4.G

_— (4.37)
Uo,w qs Oy No,w®a,w

where C| is the parameter defined in Eq. (4.31); «,, is the heat transfer coefficient
on the airside; n,,, is the overall fin efficiency for wet operation condition. For
determining «,,, and 7,,,, Turaga’s Correlation [60] and Hong and Webb Approach
[61] for wet condition can be used.

The sensible heat transfer rate on the airside is obtained by:

qs = mucpa(Tad,l - Tad,Z) (4.38)

The latent heat transfer rate, g;, can be calculated using the method proposed by
Deng [55],

(4.39)

qr = OlmAarlu,whfg|:(wa’1 —; wa,2) — (wa’l —; wav2)j|

where hg, and o, are the specific latent heat of vaporization of water and mass
transfer coefficient respectively; w, | and w,, are the moisture contents of air at inlet
and outlet of SPR respectively; wy and wy» are the moisture contents of saturated
air under the coil surface temperatures at inlet and outlet of SPR, T'¢s; and T's»
respectively. Surface temperatures of SPR inlet (7't ;) and outlet (7' ») are found by
the following equations:

(qsarTr,l + qno,waa,wcl Tad,l)

T =
: (qsar + qr/().waa,wcl)

(4.40)

(QsarTr,Z + gNo,wa,wCi Tad,Z)
(qsar + qno,waa,wcl)

Tgo = (4.41)

Based on the availability of T and T, the moisture contents of saturated air at
the surface temperatures of SPR inlet and outlet, w; and wys», can be obtained using
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the thermal properties of saturated moist air [15],

w1 = f(Tg1) (4.42)
w2 = f(Ti2) (4.43)

The Lewis relation is used to correlate heat and mass transfer. For most cooling coils
used for air-conditioning, Le is approximately equal to 1 [55]. Thus, the mass transfer
coefficient is determined by:

Qgw

Cpa

(4.44)

Uy =

where C pa’ is the specific heat capacity of moist air and a mean value of 1.02 kJ/kgK
is used.
The latent heat transfer rate, g;, can be obtained by:

a1 = mahgg(wa1 — wa2) (4.45)

The total heat transfer rate is the summation of sensible and latent heat transfer rates:

q=4qs+aq (4.46)

The total heat transfer, ¢, can also be calculated by:

q= mrcpr(Tr,Z - Tr,l) (4.47)

Using Eqgs. (4.36), (4.38-4.43) and (4.45-4.47), T2, Wa2, Tst1,> Tsg2s Wst 1, Wst 2,
A,, g5, q; and g can be found. Thus, the amount of water vapor condensed on the wet
surface part of the airside in a SPR, mcopg, is:

a

4.48
e (4.48)

Mcond =

Method 3: For partially wet condition.

In partially wet operation, the wet part will appear after the dry part in the direction of
the airflow, because the refrigerant temperature decreases in this direction. Therefore,
there is a turning point between the two surface conditions, as illustrated in Fig. 4.10.
The subscript “3” is used to indicate a turning point.

Assuming that the air moisture content of the dry part does not change, at the turning
point, w, 3, should be equal to w4 Therefore, T's3 was evaluated using the thermal
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Air side .
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1 /' 3 Refrigerant side 2

Turning Point

Fig. 4.10 The schematics of both air and refrigerant sides in a SPR in partially wet operation

properties of moist air are used to evaluate T3 [15],

Topa = f (wa3) = [ (Wa,1) (4.49)

And w, ; is evaluated by:

W3 = Wa (4.50)

The relationship between the coil surface temperature, 753, of SPR at the turning
point and the temperatures, T,q3 and 7,3, of air and refrigerant at turning point is
gaiven:

rdr, s s s
(a Tr3+ 10.d%.aC1Ta 3)
(ar + nn,daa,dcl)

Ty = 4.51)

Combining Eqgs. (4.49—4.51) and (4.29-4.34), the thermal performance at the dry
part in SPR can be evaluated, and replace subscript “2” with “3”, T3, w, 3 and
T3 can be calculated and then input to the Calculation method for wet part in SPR
reported in Method 2. The thermal performance in wet part in SPR can be found
by using Eqs. (4.49-4.51), (4.36, 4.38—4.43) and (4.45-4.47), and also by replacing
subscript “1” with “3”.

These three methods form a complete calculation procedure, as highlights in
Fig. 4.11, for determining the thermal performance and dehumidification effect in
SPR.

Through this calculation procedure, the experimental data can be processed and
the effects of surface conditions and dehumidification on the airside of SPR under
different conditions can be calculated.
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TSf,Z > pot,2(.7

Assuming fully wet air side surface in SPR

v

Perform calculation using Approach 2

Yes

Tsf,l < pot,l?

No

Air side surface of SPR was partially wet.

Perform calculation using Approach 3

v

Calculation ends

Fig. 4.11 Flowchart for applying the calculation procedure

4.5 Results and Discussion

Tables 4.6 and 4.7 show the experimental results obtained from Type 1 and Type 2
experiments, respectively. The data need to be entered into the calculation procedure.

The determination of surface conditions depend on the obtained experimental

data, which indicate that when RH; is between 40 and 90%, the airside of SPR is
completely wet, and when RH ; is 30%, the airside is partially wet. The condensation
rate mconq Of water vapor on the airside of SPR is given in Fig. 4.12. It can be seen
that mcoyq is largely affected by the relative humidity of the air, RH, at the inlet of
SPR. An increase in RH ; will lead to an increase in m.opq. In addition, it can be noted
that under the same RH, a higher T sp; will lead to a larger condensation rate.
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Table 4.6 Results of Type 1 experiments
Taay =22 °C, my = 0.41 kg/s

RH; |90 80 70 60 50 40 30
T, 14540 12365 |10.981 | 9.834 8.147 4218 4.154
m, 0.05 0.0479 | 0.046 0.0443 00426 | 0.0407 |0.0372
Taq1 = 24 °C, my = 0.41 kg/s

RH; |90 80 70 60 50 40 30

Ty 15759 14341  |14522 12127 |10312  |8.831 4592
m, 00527 00514 00485 |0.0461 | 0.0448 | 0.0429 | 0.0409
Taq1 = 26 °C, my = 041 kg/s

RH; |90 80 70 60 50 40 30

Ty 14661 | 14172 14575  |14.151 | 11483 | 9.961 8.421
m, 00555 | 0.0534 00512 | 0.0489 | 0.0466 | 0.0447 | 0.0424

The results of Type 2 experiments show that, when the inlet temperature and
relative humidity are fixed at 24 °C and 50% respectively, the different combinations
of compressor and supply fan speed are most likely to cause the airside of SPR to be
completely wet. Only when DX air conditioning system operates at low compressor
speed and high supply fan speed, partial wet conditions exist. The myg calculation
results of Type 2 experiment are summarized in Fig. 4.13. It can be seen in this figure
that the condensation rates of water vapor are between 0.005 and 0.055 g/s.

Therefore, there is no completely dry airside surface in the SPR of the experimental
DX cooling coil. Hence, the assumption that there is no condensation on the airside
surface of SPR in DX cooling coil is questionable. The calculation results here again
confirm the experimental observations mentioned earlier in this section (Fig. 4.8).

In addition, the total amount of condensed water vapor migong On the entire airside
surface area of DX cooling coil under different experimental conditions can be eval-
vated. Then, the mcona/Mcona ratio can be used to evaluate the percentage error of
the total condensate on the entire surface area of the DX cooling coil, which may
be caused by assuming the dry airside of the SPR in the lumped parameter model.
M .ona Was evaluated,

Mcond =mgy (wa,l - wa,out) (452)

where w, oy 1s the moisture content of the air discharged from the DX cooling coil,
which can be obtained experimentally.

The experimental mong/Mcona values obtained from the Type 1 experiment are
shown in Fig. 4.14. In most cases, the range is between 3 and 7%. When RH,
decreases, a new trend is observed. However, when the relative humidity of intake air
drops below 40%, mcona/M cong Will exceed 7%. Figure 4.15 illustrates the mcona/M cond
values obtained from the Type 2 experiment. It can be seen that in all test points, the
value of mcona/M cong 18 between 3 and 7%.
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Table 4.7 Results of Type 2 experiments

L. Xiaand I. Lun

Spe = 90%
Spa (%) |90 80 70 60 50 40 30

T 10517 [10.129 | 9.565 8.726 4.933 4.790 5323
my 0.0523 |0.0515 |0.0505 | 0.0494 | 0.0481 |0.0466 |0.0447
Ma 0.548 0.506 0.458 0.409 0.358 0.306 0.255
Spe = 80%

Spa (%) |90 80 70 60 50 40 30

Ty 11256 | 10.697 |10.000 | 9.268 8.362 4172 5.751
my 0.0617 |0.0606 |0.0599 | 0.0588 |0.0580 |0.0563 | 0.0549
M 0.548 0.506 0.458 0.409 0.358 0.306 0.255
Spe = 70%

Spa (%) |90 80 70 60 50 40 30

T 12202 [11.571 | 10991 [10290 | 9.395 8.233 4.749
me 0.0479  |0.0473  |0.0466 | 0.0457 | 0.0445 | 0.0433 | 0.0415
Ma 0.548 0.506 0.458 0.409 0.358 0.306 0.255
Spe = 60%

Ty 12927 |12.414 |11.872 |11218 10263  |9.203 4773
my 0.0457 |0.0452 |0.0445 00434 | 0.0427 |0.0413 |0.0397
Ma 0.548 0.506 0.458 0.409 0.358 0.306 0.255
Spe = 50%

Spa (%) |90 80 70 60 50 40 30

T 14.064 14393 12859 12200 | 11312 10340 | 8.964
my 0.0419  |0.0415 |0.0409 |0.0403 | 0.0394 |0.0382 | 0.0368
Ma 0.548 0.506 0.458 0.409 0.358 0.306 0.255
Spe = 40%

Spa (%) |90 80 70 60 50 40 30

T, 14964 |14.426 | 14989 |14.421 | 12.628 |11.678 | 10.442
my 0.0379 |0.0376 |0.0370 00363 | 0.0355 |0.0345 |0.0332
Ma 0.548 0.506 0.458 0.409 0.358 0.306 0.255
Spe = 30%

Spa (%) |90 80 70 60 50 40 30

T 15831 | 15466 [15.000 | 14384 14785 |12.932 |11.773
my 0.0340  |0.0337 |0.0330 | 0.0325 |0.0318 |0.0311 |0.0302
Ma 0.548 0.506 0.458 0.409 0.358 0.306 0.255
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Fig. 4.12 Water vapor condensing rate on the airside of the SPR in Type 1 Experiments
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Fig. 4.13 Water vapor condensing rate on the airside of the SPR in Type 2 Experiments
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Fig. 4.14 The values of mcond/M cond in Type 1 Experiments

When the relative humidity of intake air drops below 40%, a relatively high value
of Meonda/M cona 18 found. This may be due to two reasons, (1) Mong is low under the
relative humidity of this operation; (2) since the air first contacts and condenses on
the airside surface of the SPR in the countercurrent heat exchanger, the condensable
amount of water vapor in the TPR becomes smaller (Figs. 4.14 and 4.15).

The above analysis implies that assuming the dry airside of SPR in DX cooling
coil will lead to underestimate the amount of condensed water vapor in the entire
airside surface area of DX cooling coil. The underestimated percentage is likely to
be between 3 and 7%, but up to 18% at low air inlet relative humidity.

Among other reasons, in previous lumped parameter models, it was assumed that
one of the main possible reasons for the dry airside of SPR in DX air cooling coil
was the calculation time required to solve these models. When high-speed computers
are not available, this assumption can help reduce computing time. However, this
problem is removed nowadays. Thus, it is suggested that the dry airside assumption
of TPR in DX air-cooled coils is no longer used in the new lumped parameter model
in the future when the powerful calculation facilities is available and the availability
of complete modeling procedures as well as algorithms for the surface of wet coils
(such as Eqgs. (4.36—4.47) in this section).

Itis worth noting that, according to some previous studies reported in the literature,
Le may not be the actual unity, ranging from 0.6 to 1.2 [61, 72-74]. However, when
Le is not equal to 1, the calculation procedure developed in this section can be
adopted to obtain the mass transfer coefficient, «,,, by entering the actual Le value
into Eq. (4.44). In addition, all other results can be evaluated using the calculation
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Fig. 4.15 The values of mcondg/M cond in Type 2 Experiments

procedure. It is seen that for unity and non-unity Le, the calculated «,, is always
greater than 0. Therefore, m g and meona/M conq are both greater than zero, which
indicates that the dry airside assumption of SPR widely used in lumped parameter
models is questionable.

4.5.1 Uncertainty Analysis

The uncertainties of the derived/calculated parameters in this investigation are esti-
mated according to the Single-sample Uncertainty Analysis method [75]. The uncer-
tainty analysis results are given in Table 4.8. It can be seen that all uncertainties are
less than 7%, indicating that the experimental results have sufficient reliability.

4.6 A Modified LMED Method for Evaluating the Total
Heat Transfer Rate of a Wet Cooling Coil Under Both
Unit and Non-Unit Lewis Factors

As mentioned in Sect. 4.1, air cooling and dehumidification coils have been widely
adopted in air conditioning systems. For the air cooling coil, if its surface temperature
is less than the dew point temperature of the incoming air, heat and mass transfer
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Table 4.8 Uncertainties of the experimental and derived/calculated parameters

Parameters Uncertainties Parameters Uncertainties

Uncertainties of measured parameters

my + 0.00071 kg/s Tadn +0.1°C

m, =+ 0.00075 kg/s T a1 +0.1°C

P, =+ 0.05 kPa T +0.1°C

Uncertainties of derived/calculated parameters (%)

Qo d +1.14 T, Typ2 and Tp3 +2.31,4+2.97 and £ 4.10
Aaw + 1.50 q, qs and gy +4.42, + 1.35 and £+ 4.77
No,d +0.93 A, +4.18

No,w +1.27 Mcond +4.77

RH +1.32 M cond +2.46

Tod2 +1.85 Meond/M cond +4.92

will occur at the same time on the airside, or the cooling coil will operate under wet
conditions.

Under wet conditions, the total heat transfer rate in the micro scale elements of
air cooling and dehumidification coils can be evaluated according to the enthalpy
difference:

o,dA,
dq = C (ha — hsur) (4.53)

pa

where dg and dA, are the total heat transfer rate and airside surface area in the
micro-scale element; «, is the airside sensible heat transfer coefficient; Cp, is the
specific heat capacity of air; h, and hg, are the specific enthalpy of bulk air and
the saturated air specific enthalpy at coil surface temperature respectively. When
developing Eq. (4.53), the Lewis Analogy and the assumption of unit Lewis Factor
are used,

(0%

= L32/3 = 1 (454)
a;, Cpa

where «,, is the mass transfer coefficient.

Equation (4.53) was firstly proposed by Threlkeld [21] to simplify the calculation of
the total heat transfer rate in a wet cooling coil. The LMED method was developed
from Eq. (4.53).

g = HA, Ay (4.55)

where Ahy, is the logarithmic-mean enthalpy difference; H is the overall heat transfer
coefficient based on the enthalpy difference.
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Since the LMED method is simple and convenient in determining the total heat
transfer rate of wet cooling coil, it has been widely used. Previous studies have
shown that the Le is likely to deviate from 1. Therefore, when using LMED method
to evaluate the total heat transfer rate of wet cooling coil, calculation error may occur
[31].

Therefore, an improved LMED (m-LMED) method has been developed to calcu-
late the total heat transfer rate of wet cooling coil under unit and non-unit Lewis
factors, and is reported in this chapter. The effectiveness of the m-LMED method is
verified by comparing the prediction of the total heat transfer rate with the predic-
tion obtained by numerically solving the basic governing equations of heat and mass
transfer in wet cooling coils. In addition, the calculated results of the total heat transfer
rate using the LMED and m-LMED methods under the same operating conditions
are compared to show the error caused by using unit Lewis factor instead of the actual
Lewis factor value that may not be equal to 1.

4.6.1 Development of the m-LMED Method

At the surface temperature of the coil, the difference between the specific enthalpy
of bulk air and saturated moist wet air can be calculated as:

ha - hsur = Cpa(Ta - Tsur) + hfg(wa - wsur) (456)

where h, and hg, are the specific enthalpy of bulk air and the specific enthalpy
of saturated moist air at coil surface temperature respectively; T, and T, are the
temperatures of bulk air and coil surface respectively; w, and wg,,, are the specific
humidity ratio of bulk air and the saturated air humidity ratio at T, respectively;
Cpa and hyg, are the specific heat of air and the latent heat of vaporization of water
respectively.

Equation (4.56) can be transformed to:

C o,
hy — hsyr = a—Pa [aa(Ta = Tn) + - hig (wa = wsur)] (4.57)

a pa

The Lewis Relation is:

Iz

o = Le*3 (4.58)
pa%m

InEgs. (4.57) and (4.58), o, and «,,, are the airside heat and mass transfer coefficients
respectively; Le is the Lewis Number and Le?? is the Lewis Factor.

Applying the Lewis Analogy to Eq. (4.57) gives:
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C
ha = how = 2 [00(Ty = Ton) + LePaphig(w, = wa)]  (459)

a

or:

hg —

a

Ca O((Tt_Tr) + o h(w _wr)+
/’lsur _=p a\la sul mz/;g a su (460)
(Le - l)amhfg(wa — Wsur)

The total heat transfer rate is calculated by:
dq = [eta(Ty — Tar) + g (Wa — waur) |dAq (4.61)

where g and A, are the total heat transfer rate and total airside coil surface area
respectively; dq is the heat transfer rate on the airside surface area in a micro-scale
element of a cooling coil, dA,.

Combining Egs. (4.60) and (4.61) for calculating dg:

U

dg = - (ha — haw)d Ay — (Le* — 1) ayhig(wa — waur)d Ag (4.62)
pa

Assuming that the ratio between the sensible heat transfer rate and the latent heat
transfer rate remains constant in the entire coil, which was used previously [31],
yields

dqs _ qs
dgq q

(4.63)

where ¢, and ¢; are the sensible and latent heat transfer rates in the entire coil; dg;
and dq;, are the sensible and latent heat transfer rates in the micro-scale element of
the cooling coil.

Based on Eq. (4.63), the ratio between (7' ,—T s,r) and (w,—wsy,) can be calculated by:

(T — Towr) _ O‘mhfg ) dﬁ _ Olmhfg ) ﬁ (4.64)
(wa - wsur) Uy dql oy qi

where «,, is the mass transfer coefficient for the moisture content of bulk air.
From Egs. (4.56) and (4.64), the ratio between (h,—hg,) and (w,—wg,) can be
evaluated by:

(ha _hsur) _ hfg qs
(Wg — Weyr) Le?/3 q —d4s

+ Iy (4.65)

Then (w,—wyg,;) can be obtained by:
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(ha - hsur)
(wa - wsur) = e 0. (466)

9qs
Lo g, + e

Combining Egs. (4.66), (4.62) and the Lewis Analogy, i.e., Eq. (4.58) yield

_adA, |:1 (Le? —1)

d
=" Lt Le?

:| : (ha - hsur) (467)

Comparing Eq. (4.67) with Eq. (4.53), it can be noted that the linear relationship
between dq and (h, — hg,) remains unaltered, with the linear coefficient being
different, because of the fact that Lewis Factor, Le*?, may deviate from being 1.
However, if Le?? =1, Eq. (4.67) is exactly the same as Eq. (4.53).

Therefore, when Eq. (4.53) is replaced by Eq. (4.67), the m-LMED method can be
established. According to the same method used in deriving the LMED method [21],
the m-LMED method can be expressed as:

g = Hy Ay A (4.68)

where H), is the modified overall heat transfer coefficient based on enthalpy and
Ahyy, s the logarithmic mean enthalpy difference.

Generally, compared with the heat transfer resistance on the airside and the cooling
medium side, the heat transfer resistance caused by the tube metal and condensation
film on the outer surface of the cooling coil is small, so it can be ignored. According
to this assumption, Hj; can be calculated:

-1

-1

1 C Le*3 —1

Hy=— | -2 4 Cm [j_ =€ (4.69)
A, Aca, NoAatty ﬁ + Le?/3

where a is a linear coefficient relating the enthalpy of saturated moist air to air
temperature.

For the LMED method, the overall heat transfer coefficient based upon enthalpy, H,
is evaluated by:

1 a Con \ '
H=—. +—2 (4.70)
Aa ACC{L' naAaaa

Comparing Eq. (4.69) with Eq. (4.70), it is seen that when Lewis Factor is 1, Hy,
should be equal to H, and the m-LMED method is the same as the LMED method.
Hence, the LMED method can be treated as a special case of the m-LMED method
when Le?? = 1.
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In Eq. (4.69), the overall fin efficiency, 7,, was determined by:

ﬂ(l —n) 4.71)

():1_
n A,

where fin efficiency, 7, is evaluated by Hong-Webb Equation [61]:

tanh(Mr,¢) cos(0.1Mr,¢p)
1’] =

4.72
Mr,p ( )

where @ and M are calculated by the following two equations:

(= )[reomon(S)]
o=(=2—-1)[1+035m( =2 (4.73)
ro To

1

2y [ dag e\

M= [ 4.74)
kt dgs Cpa

In Eq. (4.73), r, is the outside radius of the tube and the equivalent radius, R,, of a
plate fin is found by:

R, = 1.28W(L;/ W, —0.2)"? (4.75)

where Wy and Ly are the width and length of the fin respectively.

4.6.2 Validation of the m-LMED Method

The m-LMED method demonstrated in Sect. 4.6 is to be validated by comparing its
prediction of the total heat transfer rate to that obtained by numerically solving the
basic control equations of heat and mass transfer in wet cooling coils. Numerical Solu-
tion (NS) is widely considered to be the most accurate solution to the fundamental
governing equations, so it is used as the basis for comparison.

The m-LMED method is applicable to counter-flow and parallel-flow air cooling
and dehumidifying coils. This chapter studies the counter-flow air cooling coil and
its schematic diagram is given in Fig. 4.16.

For the micro-scale element indicated in Fig. 4.16, the fundamental equations
governing simultaneous heat and mass transfer, and energy conservation are

dqs = oy (Ty — Tour)nod Ag 4.76)

dg = hfg(wa — Weur)No.md Ag 4.77)

o
CpaL e/
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Fig. 4.16 Schematics of a counter flow air cooling and dehumidifying coil under study

dgs; = —maCpdT, 4.78)

dg; = —mghgdw, 4.79)

dg = —o.(To — Te)d A, (4.80)
dq =dqg; +dq = —m CydT, (4.81)

where 7, and 1,,,, are the overall heat and mass transfer fin efficiencies respectively.

The fundamental governing Eqs. (4.76—4.81) can be transformed to differencing
equations and solved using first-order discrete method to obtain the numerical solu-
tions of Ty 1, Tu2, Wa 1> Wa2o Te15 Te25 g, g5 and gy, for a specific cooling coil under
a given operating condition.

4.6.3 The Procedure for Applying the m-LMED Method

Employing the m-LMED method to the air cooling and dehumidifying coil indicated
in Fig. 4.16 gives:

(ha,l - hc,l) - (ha,2 - hc,2)
hu.l _hr,l
In ( hap=hep )

where .| and A, are the specific enthalpies of saturated moist air at the temperatures
of T.1 and T, respectively, the overall heat transfer coefficient, Hy, can be found
using Eq. (4.69).

In order to determine the total heat transfer rate using the m-LMED method, the
results of h, 1, hyo, he and h., obtained from NS to the fundamental governing
equations are adopted as inputs to Eq. (4.82). The calculated total heat transfer rate

by using the m-LMED method is compared with that calculated by NS to verify the
m-LMED method.

g = HyAs (4.82)
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In Eq. (4.76), in order to calculate the total heat transfer coefficient, H,,, the value
of g,/(q — q;) should be firstly assumed. Therefore, the calculation procedure using
the m-LMED method is detailed as,

i. Assuming an initial value of ¢,/(q — g;).

ii. Calculating the total heat transfer rate, g, by using the m-LMED method with
input hg 1, hypo, he1 and h.,, which are calculated from the NS of T, T2,
W1, Wa2, Te1 and T, p; then calculating the sensible heat transfer rate, g,
using the logarithmic-mean temperature difference (LMTD) method, note that
in Eq. (4.74), the value of M is evaluated by using the assumed value of ¢,/(q —

qs)-

Calculate new value of ¢/(q — ¢,) based on the calculated results of ¢ and
qs using Eq. (4.82) and the LMTD method. Compare the original assumed and
calculated values of ¢,/(q — g5), the calculation procedure of m-LMED method ends
at convergence, otherwise, assume the new value of ¢,/(¢ — g;) and repeat Step ii).

In order to verify the m-LMED method, the total heat transfer rate calculated
by the m-LMED method is compared with the total heat transfer rate obtained by
numerically solving the basic control equation. Equations (4.76—4.81), under the
operating conditions illustrated in Table 4.9. and for the cooling water air cooling
coil with geometric parameters is shown in Table 4.10. The thermal characteristics
of air and chilled water are found in Table 4.11. According to the previous research
results of the actual Lewis factor of the wet cooling coil [61, 72-74, 76], during the
verification process, the Lewis factor is set to 0.6, 0.8, 1.0, 1.2 and 1.4, so there may
be errors under the non-unit Lewis factor.

Table 4.9 Operating Mass flow rate of chilled water, kg/s 0.35

conditions for validating the

m-LMED method Inlet temperature of chilled water to the cooling coil, °C | 8
Mass flow rate of air, kg/s 0.6
Inlet air temperature, °C 24
Inlet air humidity ratio, kg/kg 0.016

Table 4.10 Geome?trlcal . Overall air side heat transfer area, m? 24

parameters of the air cooling

coil for validating the Overall cooling medium side heat transfer area, m? 1.25

m-LMED method Overall fin surface area, m? 22.5
Fin length, m 0.013
Fin width, m 0.011
Fin thickness, mm 0.115
Outside diameter of the cooling medium tube, mm 9.52
Length of the cooling coil along the air flow direction, | 0.5
m
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Table 4.11 Thermal properties of air and chilled water

Specific heat of chilled water, kJ/(kg K) 4193
Specific heat of air, kJ/(kg K) 1007
Convective Heat transfer coefficient of chilled water, W/(K m?) 8000
Convective Heat transfer coefficient of saturated two phase R22, W/(K m?) 5000
Convective Heat transfer coefficient of air in wet condition, W/(K mz) 70
Convective Heat transfer coefficient of air in dry condition, W/(K m?) 50
Total number of the micro-scale elements 100
Atmosphere pressure, kPa 101.325

Figure 4.17 depicts the results of the total heat transfer rate calculated by the
m-LMED method and by numerically solving the basic equation, respectively. It can
be seen that when the Lewis factor changes from 0.6 to 1.5, the trend of the total heat
transfer rate calculated by m-LMED method and NS is the same. With the increase
of Lewis factor, the total heat transfer rate decreases.

In Fig. 4.17, it also includes the total heat transfer rate calculated by the LMED
method, in which the unit Lewis factor is applied without considering the actual
value of the Lewis factor, so as to explain the error generated when the unit Lewis
factor is fully used instead of the actual Lewis factor value that may not be equal to

1.
18.0 7 —0— Results calculated with the m-LMED method
17.5 4 —O— Results calculated from the NS
170 14 Results calculated with the LMED method
5 16.5 4 u]
S A A
o 16.0 O\ d
s 1 o AT
8 1554 \O\ T
72} 4 C
2
s 15.0 A B
% 1 \O
§ 145 4 T
< ] A o
= =
S 140 - b \
= 1 L o
13.5 4 A
1 d
13.0 T T T T T T T T T
0.6 0.8 1.0 1.2 1.4

Lewis Factor

Fig. 4.17 The total heat transfer rates calculated by the LMED, m-LMED methods and from the
numerical solutions under different actual Lewis Factors
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For example, Point a (ref. Fig. 4.17) represents the calculated total heat transfer
rate based on the LMED method, where the values of all other operating parameters,
except Lewis factor, obtained from NS with Le*® = 0.6 are input to the LMED
method. For the Lewis coefficient, use the unit Lewis coefficient, i.e. Le*? = 1,
rather than its actual value of 0.6. Similar methods apply to all other points of b, c,
and d, where the actual Lewis factors are 0.8, 1.2, and 1.4, respectively.

Figure 4.17 shows the calculated sensible heat transfer rate by LMED method,
m-LMED method and Numerical Solution (NS). It can be seen from Fig. 4.18 that
the variation trend of sensible heat transfer rate obtained by the calculation methods
is in good agreement.

The Relative Deviation of the total heat transfer rate calculated by the m-LMED
method and obtained from numerically solving the fundamental governing equations
is defined as

Relative Deviation = @ - LMED — Gnumerical solution (4.83)

{numerical solution

where ¢m-LMED and Grumerical solution are the total heat transfer rates achieved from the
m-LMED method and the NS respectively.

The Relative Deviations for the sensible heat transfer rate, g, with various Lewis
Factors are evaluated by substituting g with g, in Eq. (4.83). The Relative Deviations
with g and ¢, obtained from the m-LMED method and the Relative Deviations with

6.6
| —0©— Results calculated with the m-LMED method

—~ 654 —©— Results calculated from the NS
5 ]
- 6.4 -
Q |
g
o 6.3 4
& ]
& o
£ 62 /D
= 1 /g/
2 6.1 g———0
) —
= |
Z 6.0 o
(]
w2 4 O

5.9

5.8 T T T T T T T T T

0.6 0.8 1.0 1.2 14

Lewis Factor

Fig. 4.18 The sensible heat transfer rates calculated by the m-LMED method and from the
numerical solutions under different actual Lewis Factors
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Table 4.12 Relative Deviations (RD) for the total heat transfer rate (¢) and sensible heat transfer
rate (g) calculated by the m-LMED method and LMED method respectively

For the m-LMED method

Lewis Factor 0.6 0.8 1.0 1.2 1.4
RD of g (%) 5.94 2.03 0.14 2.23 5.68
RD of g5 (%) 1.08 0.51 0.16 0.36 0.59
For the LMED method

Lewis Factor 0.6 0.8 1.0 1.2 1.4
RD of q (%) 18.13 5.97 0.14 6.20 15.62

q calculated by the LMED method under different Lewis Factors are summarized in
Table 4.12.

As seen in Table 4.12, the highest RD for g is about 5%; and that with g; is
about 1% using the m-LMED method. Thus, the m-LMED method is validated.
Furthermore, it can be seen that the RDs with ¢ and ¢, increase when the Lewis
Factor deviates from 1.

4.6.4 Discussion

When the m-LMED method is applied to wet cooling coil, Lewis factor should
be firstly evaluated. Pirompugd et al. [73] suggested the following equation for
determining the Lewis factor of wet cooling coils,

S (0.0239N+0.4332) A (0.0312N+0.0747)
Le?? =2.282N"%%( =L ‘
d, Aa,r

Sy by pi
Rey, | —0.01833N — 0.1094d— - 0.0026d— - 0.03012d— +0.0418
(4.84)

where N is the number of tube-row of an air cooling coil; Sy and d, are the fin spacing
and outside tube diameter respectively; A, is the outside tube area; p; and p; are the
longitudinal and transverse tube pitches respectively.

After finding Le?, the application of m-LMED method detailed in this section
can be followed.

Due to the iterative process involved, using the m-LMED method will require
more computational work than the LMED method. This is reasonable because higher
accuracy can be obtained in evaluating the total heat transfer rate in wet cooling
coils. However, due to the discretization and iterative solution process of the control
differential equation, the additional calculation workload is far less than the numerical
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solution of the basic equations controlling heat and mass transfer in the wet cooling
coil.

4.7 Conclusions

In this chapter, the simultaneous heat and mass transfer in DX cooling coil is
elaborated and presented. The following conclusions are drawn from this study;

1. A complete calculation method for steady-state Equipment SHR of DX cooling
coil is developed and described in Sect. 4.3. The method based on the known
refrigerant evaporation temperature in DX coil is verified by experiments. This
method can well predict and analyze the change of Equipment SHR with the
evaporation temperature of refrigerant. This will help to further study the simul-
taneous heat and mass transfer in DX cooling coil and formulate effective control
strategies to obtain a comfortable indoor thermal environment.

2. Sect. 4.4 presents two types of experiments conducted to test the dry airside
hypothesis in the DX cooling coil SPR. A specially developed lumped parameter
calculation procedure is used to process the experimental data and to determine
the surface conditions and water vapor condensation rate on the airside of the
SPR under various experimental conditions. The experimental results indicate
that there is no dry airside surface in SPR in the experimental DX cooling coil
during all experimental processes. Thus, the assumption of dry airside in SPR is
doubtful. Assuming that the dry airside of SPR in DX cooling coil will lead to
underestimate the total amount of condensed water vapor on the whole airside of
DX cooling coil, which is most likely between 3 and 7%. Considering that one of
the main possible reasons for assuming the dry airside in SPR is the calculation
time, and due to the powerful calculation facilities available at present, it is
recommended that in the future lumped parameter model, the wet airside in SPR
should be considered to improve the modeling accuracy.

3. Sect. 4.5 introduces an improved LMED (m-LMED) method. The m-LMED
method can be adopted to evaluate the total heat transfer rate in wet cooling coil
under unit and non-unit Lewis factor conditions. By comparing the prediction
of total heat transfer rate by m-LMED method with the prediction of numerical
solution of the basic governing equations of heat and mass transfer of wet cooling
coil, the effectiveness of m-LMED method is verified, and the difference is less
than 5%. Thus, the m-LMED method is able to replace the LMED method to
evaluate the thermal performance of wet cooling coils operating with unit and
non-unit Lewis factors.

This chapter makes an important contribution to the study of the simultaneous
heat and mass transfer in DX cooling coils. The results found in this chapter are very
useful for evaluating and analyzing the thermal performance of DX cooling coil in
various operating conditions. The significance of the project highlights the value that
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the project outcomes may help to better understand the thermal performance of DX
cooling coils.
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Chapter 5 )
Application of Machine Learning i
and Artificial Intelligence in Design,
Optimization, and Control of VRF

Systems

Ali Sohani, Fatemeh Delfani, Mohammadmehdi Hosseini, Yabin Guo,
Ala Sadooghi, Siamak Hoseinzadeh, and Hoseyn Sayyaadi

5.1 Introduction

Energy demand for buildings makes up over 30% of the total energy demand around
the world [1]. A great portion of the energy in the building is required for HVAC
(heating, ventilation, and air conditioning) purposes [2]. Such a great consumption
of energy and the associated environmental and economic issues have led to using
more efficient technologies, including variable refrigerant flow (VRF) systems [3].
Not producing noises, the ability of providing both heating and cooling with one
device, and achieving high levels of thermal comfort, as well as robust, easy, and
high-flexible controlling ability are taken into account as the big advantages of VRF
systems compared to the other alternatives for HVAC application [4-6].

VREF systems, which are also known as variable refrigerant volume (VRV) tech-
nologies, was invented in 1982 by Daikin Industries, Ltd., and after showing their
successful performance, other companies also started to manufacture them [7-9]. The
name VRF was chosen by other companies and it got much more common since VRV
had been registered as a trademark by Daikin company. VRF technologies entered
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Fig. 5.1 A timeline describing the progress timeline of VRF technologies, which is also known as
VRV systems. The figure is drawn by authors using the information available in [13]

the European and USA market in 1987 and early 2000s, respectively. The great
benefits of VRF technologies have made them as one of the most commercialized
HVAC systems. Japan and China could be given as two examples. In Japan, almost a
half of mid-size buildings and a third of large-scale buildings take the advantage of
VREF systems. Moreover, the statistics published in 2020 demonstrated that China’s
market, as one of the booming ones in the world, is responsible for almost two-thirds
of VRF market [10-12]. Figure 5.1 shows a timeline describing the progress timeline
of VRF technologies.

Like other HVAC systems, several research works have been conducted with the
aim of providing better VRF technologies. It is done in different stages, including
design and operation. Considering the considerable progress of computer science,
application of machine learning (ML) and artificial intelligence (AI) for design,
optimization, and control of VRF systems have been popular more and more, and
therefore, this research work is going to give an overview of the topic.

An organization that consists of six sections is chosen for describing the subjects.
The first section is this part, which is introduction. Next, in Sect. 5.2, the working
principle of a VRF system is described, and the information about the set-point param-
eters is given. Then, different ML and Al techniques for modelling VRF systems are
introduced in 0, while in Sect. 5.4, literature review is conducted. Finally, the chapter
ends by providing explanations about fault identification based on the data driven
methods in Sect. 5.5.
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5.2 The Working Principle of a VRF System

The working principle of a VRF is schematically introduced in Fig. 5.2. A VRF
technology has a unit for providing refrigerant at the desirable level. The unit is
located in outdoor, and for that reason, it is called the outdoor unit. In each zone,
there are some units, by each of which the heat transfer between the refrigerant and
a part of the air in the building is done. Such units are known as the indoor units. The
refrigerant travels through pipeline to go from the indoor units to the outdoor units
and vice versa. The refrigerant flow in each circuit is controlled using an electronic
development valve (EEV) or net ref joints [14].

Although there are some differences in the approach of each study to minimize
the energy consumption and predict the building energy of a VRF system, the most
important relevant inputs are usually the same and they are [16]:

e Qutlet temperature and humidity,
e Indoor temperature,
e Building load,
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Fig. 5.2 Schematic of a VRF system [15]
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Supply air temperature,
The allowable temperature fluctuations,
Temperature at the neighbouring spaces.

5.3 Different Approaches for AL and ML to Use in VRF

Systems

Within the final decade, analysts have recognized that instability and deficient data are
two major challenging issues in VRF systems [17]. The term inadequate data implies
need of sensors, typical information, defective information, in addition to physical
indicators. Such items make difficulties in creating physical models. “Vulnerability”
means approximation mistakes, flaws, indications, and wrong information proba-
bilistic relationship. Particularly, challenges in detecting flaws of building vitality
frameworks, including VRF systems, are as takes after:

Few sensors are prepared for the most part of the building frameworks. Many
properties of the building are exceptionally delicate to initial costs. There are
exceptionally a low number of streams rates, weight, and control sensors that cost
moderately high. The available sensors are usually inadequate in blame discovery
and/or conclusion.

The accuracy of sensors is not usually high because of impediments of poor
maintenance and starting costs. Thought of sensor flaws with deficiencies of
components together could lead to increment in the trouble of FDD exponentially.
Existing building automation frameworks are primarily designed to perform basic
tasks. A significant number of parameters are used at the controller level. These
parameters are not transferred to and spared by building automation frameworks.
Moreover, operation information is frequently discarded quickly, thereby making
it impossible for long-term authentic information to be gathered. In addition,
records are not frequently complete because of the issues such as organizational
communication problems, and so on.

A few issues might also come from the control circles. They result in complicated
problems and indications connections. As the example, whenever a positive slope
is seen for the supply temperature by the sensor in an air handling unit, the analysis
is attributed to the coil that provides cooling. In such circumstances, the valve of
cooling coil opens more in order to keep up the estimations of supply temperature
as close as possible to the set-point value.

There is the need for standardized sensor installations and control logical
reasoning in building power frameworks that are normally fulfilled by a huge
number of controllers, sensors, and controlled devices, manufactured by different
companies. It is more difficult to develop a common FDD strategy.

Figure 5.3 describes the effect of FDD analysis in energy saving, while Figs. 5.4

and 5.5 introduce different fault detection and diagnosis approaches classifications,
respectively.
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Fig. 5.3 Describing the effect of FDD analysis in energy saving (The figure is available in [18]. In
that reference, it had been indicated that drawing the figure was done by inspiration from [19])
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Fig. 5.5 Different fault diagnosis approaches classification [18]

Machine learning is one of the usages of artificial intelligence (AI) which gives
computers the power of learning and improvement via experience without explicit
programming. A blame diagnosis/detection issue in building vitality frameworks
can too be considered an immaculate issue of machine learning. With adequate
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prepared information, the assignment of blame discovery is to detect if the designs
of checking information could be compared with those of belonging to ordinary
preparing information. The assignment of blame diagnosis is to decide which blame
lesson the observing information is the foremost comparative to. In this way, the
effective calculations achieved from machine learning can be beneficial to the field
of building vitality framework [20].

Kang et al. [15] provided a methodology for determination of the optimal set-
points for a VRF system. Their developed procedure is illustrated in Fig. 5.6. As
shown in Fig. 5.6, the procedure worked based on the established connection among
EnergyPlus and MATLAB software programs, as well as Building Controls Virtual
Test Bed (BCVTB).

They utilized an ANN to obtain the cooling energy requirement for the subsequent
cycle. Having determined the algorithm, the efficiency of that was evaluated by
considering the accuracy of prediction, the ability to find the exact set-points, and
the amount of savings in cooling energy. According to the obtained results, there
was 10.30% error between the simulation and experimental results. Moreover, it was
found that using the proposed control algorithm instead of the conventional one led
to 28.44% decrease in the cooling energy requirement, which means a considerable
achievement.

Xiao et al. [21] have applied three methods on the basis of electronic expansion
valve (EEV), throttling model (TM), and machine learning model (MLM). In the
EEV method, the mass flow rate of refrigerant affects rate of heat transfer in the
expansion valve. In the MLM method, ANN and SVM models have been developed
and utilized on the basis of considering data mining model and solving complex
problems. In ANN method, some parameter such as input parameter in Fig. 5.7 were
used for input data and data mining. In addition, for SVM method which is shown in
Fig. 5.7, Kernel function is used to solve ill-condition problem. Finally, a TM-based
approach is then utilized for calculating the mass flow rate of the refrigerant using the
computed characteristic equation of throttling for a fluid which was compressible.
The application of the TM-based method to an air-cooled VRF is shown to give
superior precision and applicability to cooling conditions.
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5.4 Literature Review

By utilizing FDD methods, including SVM and deep neural networks (DNN) shallow
neural networks (SNN), clustering (CL) and decision tree (DT), Zhou et al. [22]
developed a model for diagnosing VRF system fault. They analyzed the performance
of the mentioned FDD methods by using three assessment methods and six prevalent
fault data which were the inputs of the model (consisting of the faults for overcharge
and 4-way reversing valve, outdoor and indoor units fouling, compressor liquid flood
back, refrigerant undercharge), in VRF system in multiple faults and single faults.
The results showed that among the aforementioned methods, SVM had a better
performance for DNN, and single fault diagnosis was the best one for multiple
diagnosis. Finally, it turned out that CL had the worst performance especially when
it came to multiple fault classification. Figure 5.8 shows the results achieved.

Lietal. [23] presented a fault diagnosis approach on the basis of machine learning
methods which merged classification methods and RFE algorithm for prevalent faults
in a VRF system. In order to obtain key variables relevant to fault, they used recur-
sive feature elimination algorithm on the basis of random forest (RF) to assess the
importance of the variables. Then, they trained five models of machine learning clas-
sification to recognize the leakage malfunction of the refrigerant. The results achieved
indicated that the method of RFE-RF for choosing feature was able to select the most
six crucial variables. In addition to that, ABM model established on the basis of the
six variables had a desirable precision to diagnose the malfunction. Figure 5.9 shows
the schematic diagram.

In a research by Ding et al. [24], by utilizing decision tree (DT) and hybrid
back propagation neural network (BPNN), two strategies, named vector similarity
principle-based and threshold-based distinguishing, were introduced in order to diag-
nose fault related to model training in a VRF system. The main objective of this work
was developing a diagnostic model in order to recognize new faults for a VRF system.
The datasets for strategies verification were divided into testing, training and vali-
dation. Training datasets were used to train the mentioned model and validation
datasets were employed for performance analysis of the model. It was found that
the model utilizing the mentioned strategies has desirable diagnostic performance
and in a model which is trained well, DT and BPNN are helpful in distinguishing
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particular fault from known fault and diagnosing new faults from training datasets
respectively. Figure 5.10 shows how the model is constructed.

Shi et al. [25] proposed a new strategy in order to enhance their previous work in
fault detection and diagnosis of a VRF system. For improving the model computa-
tional efficiency, they utilized a method named PCA (principal component analysis)
for dimension reduction of feature variables while conserving the feature informa-
tion. Then, they tried to enhance the accuracy of fault diagnosis by using a dual
network model for refrigerant charge amount fault strategy. The results indicated
that confidence space is able to ensure the reliability of fault diagnosis. Besides that,
although PCA resulted in decrease of dimension by half, above 97% of feature infor-
mation was preserved. Last but not least, with the help of dual neural network, the
accuracy of model accuracy improved over than 9% for three classes of overcharge,
normal charge and undercharge. Figure 5.4 shows how the original FDD strategy is
implemented (Fig. 5.11).

Liu et al. [26] presented a model based on data-mining method in order to evaluate
the energy consumption of a VRF system which was unstable even under a constant
operation condition. The classification of cooling requirement pattern was done with
the help of decision tree (DT) and according to these patterns, they created nine
energy standards. The results obtained indicated that energy consumption of such a
system was highly affected by PLR (part load ratio) and OT (outdoor temperature).
In addition, it was found that the patterns change the degree of refrigerant charge
fault on the energy consumption of the system. Figure 5.5 show how they developed
their model (Fig. 5.12).
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Wan et al. [27] presented a methodology in order to model electronic expan-
sion valve of a VRF system and in this way, they utilized artificial neural network
(ANN). The aim of this work was to optimize the number of hidden neuron and input
parameter. To do this, they utilized field test data and then acquired precise number
of hidden neurons and the suitable pairs of transfer function in ANN method. The
results showed that if the number of hidden neurons and input parameters reaches a
threshold, the performance of the ANN model would not get better. Figure 5.6 shows
the flow chart of the mentioned work (Fig. 5.13).

On the basis of artificial neural network, Chung et al. [28] developed a model for
predicting the cooling energy requirement in a VRF system for various settings of
control variables with the help of MATLAB software. The datasets were collected
by field measurement. The development of the model consisted of four phases such
as constructing the primary model, choosing input variables (which were outside and
inside temperature, outside humidity, load of cooling, temperature of air handling
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unit supply air, temperature of condenser and pressure of condenser), optimizing the
model and finally performance assessment. The results showed that the optimized
model is a model with a learning rate of 0.3 constituted of 15 hidden neurons in
each hidden layer and such a layer would have a desirable performance for making
the thermal environment of inside comfortable. Figure 5.14 illustrates the optimized
ANN for the system.

Cheng et al. [29] developed a 1-DCNN model and a model with parallel 1-DCNN
for a VRF system in order to diagnose the faults in refrigerant charge. Among
numerous experiment data gathered from a commercial VRF system, fifteen indi-
cators were chosen as inputs. After that the precision of the two models mentioned
were assessed and a comparison with those of based on BPNN and DT were made.
From the results it was observed that the two models mentioned had an effective
performance in diagnosis of faults. It was also noticed that the accuracy of ensemble
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Fig. 5.14 Optimized ANN
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1-DCNN can reach up to 97.4% in order to detect the 9-level faults of refrigerant
charge which excels that of BPNN and DT model with accuracies of 88.3% and 86.6%
respectively. Figure 5.8 shows how the 1-DCNN model in constructed (Fig. 5.15).

Based on neural network, used for fault diagnosis, and Relief algorithm for ranking
the system features, Shi et al. [30] presented a new methodology of fault diagnosis
in a VRF system. Firstly, they made an optimization for the model by employing
Bayesian regularization algorithm on the basis of N-best features of the dataset.
Correct diagnosis rate (CDR) of the model was acquired after the verification of the
model with the features. Considering the CDR and the computational efficiency of
the model, optimized rate was chosen. Then, by opting the most desirable hidden
neurons, a further optimization was made to model. The results indicated that if
the model is based on 6-best feature instead of 22-best features, not only would
the diagnosis rate improve sufficiently but also the training time would diminish by
98.8%. Figure 5.16 shows how the mentioned system works.

For faults diagnosis of a VRF system in heating mode, Guo et al. [31] presented
a new method with the aim of optimizing back propagation neural network (BPNN)
method. They used an approach based on the method data mining in order to opti-
mize feature variables of the system. By optimizing the way of choosing feature
variable, they obtained five feature sets. Then, they evaluated the model by using four
fault experiments which included four-way reversing valve fault, air-side fouling of
outdoor unit heat exchanger, refrigerant undercharge and overcharge faults. It was
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Fig. 5.15 Structure of the proposed model [29]

observed from the results that integration of BPNN with sets that were acquired
by the association rule mining had the best performance in diagnosing faults in a
VREF system with the rate increasing from 88.71 to 96.40%. Figure 5.10 shows how
proposed method was constructed (Fig. 5.17).

Liuetal. [32] presented a methodology for diagnosis of charge fault, consisting of
two methods in detection of malfunction in VRF system named VRC (virtual refrig-
erant charge) and PCA-EWMA (exponentially-weighted moving average). After
that, they evaluating the advantages and disadvantages of the two methods by using
experimental data from various refrigerant charge level. In the next phase, with the
help of the two methods mentioned, they created a strategy for diagnosing fault in
refrigerant charge. The results showed that despite having a desirable performance
in detecting undercharge faults, VRC was not able to diagnose overcharge faults
properly unlike PCA-EWMA which turned out to have a prominent performance for
overcharge faults. Figure 5.11 illustrates how the model was constructed (Fig. 5.18).

5.5 Fault Detection and Diagnosis of the VRF System Using
Data Driven Methods

The fault of a HVAC (heating, ventilation and air conditioning) system may cause the
equipment performance decline or failure, which will lead to a series of problems such
as energy waste, reduced indoor thermal comfort and reduced equipment service life
[33, 34]. Therefore, this section focuses on HVAC systems fault diagnosis. Utilization
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of VRF (variable refrigerant flow) systems has been widespread in small and medium-
sized buildings in recent years due to its characteristics and advantages. Therefore, the
research object of this section is focused on the VRF system. Because the VRF system
is highly automated, a large number of sensors and the equipment have been installed.
In addition, some VRF systems have data collection and transmission capabilities.
Consequently, it lays a data foundation for studying VRF air-conditioning system
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Fig. 5.17 Structure of the presented fault diagnosis approach of [31] which was on the basis of
data mining and machine learning

fault diagnosis using data-driven methods. Moreover, machine learning, as well as
data mining methods, have experienced a rapid development in image recognition and
speech recognition fields. Therefore, for fault diagnosis of air-conditioning systems,
the using data-driven approaches is taken into account as a powerful solution.

This section focuses on sensor faults, indoor unit faults and outdoor unit faults in
a VRF system. Aiming at the problems of operational data fluctuation, large number
of indoor units, feature variable selection and deep learning application, a series of
fault detection and diagnosis studies are carried out by using data-driven approaches,
including SG method, principal component analysis (PCA), association rule mining,
neural network and deep belief network (DBN). The main research contents are as
follows:

Since the data collected by the VRF system has zigzag fluctuations, it will affect
the sensor fault detection and diagnosis performance. This section proposes a data
smoothing optimization method based on SG algorithm to optimize the data, then
uses the PCA method to establish the SG-PCA sensor fault diagnosis model [35].
Figure 5.1 shows the flowchart of the SG-PCA method in sensor fault diagnosis. A
parameter optimization index, which is calculated by signal-to-noise ratio, standard
deviation and self-detection efficiency of the smoothing data, is proposed in order to
determine the two parameter settings of polynomial order and sliding window width
in SG method. Then the faults with different severity are introduced into the actual
running data for verification of the effect of the PCA model. As it can be seen from
the figures, in comparison with the traditional PCA model, the SG-PCA model is
able to significantly improve the sensor fault diagnosis performance (Fig. 5.19).

Aiming at the characteristics of the VRF system with multiple indoor units,
this section proposes a modularized PCA model fault detection strategy [36]. This
strategy can not only detect the fault, but also determine which indoor unit is fault.
Firstly, fault detection models, for indoor and outdoor units in various modes, are



5 Application of Machine Learning and Artificial Intelligence in Design, ... 109

81 experiments including normal
and faulty cases

Time series alignment

Feature extracion

Fault detection using VRC model

Fault detection using PCA-EWMA model

Fault diagnosis based on VRC method and
PCA-EWMA method

Test studies using both experimental data
and online data

Fig. 5.18 Introducing the working procedure of the system presented in [32]



Develop and Train PCA model : f

Toputs: Training data frony
VRF system (Normal)

!

|
|
I
|
|
|
I
|
|
Data preprocessor |
|
|

Determining N N_ +

A. Sohani et

Fault Detection

Inputs: Monitoring data
from VRF svsiem

v

Data preprocessor

—

» S-Gsmoothed |

.

5-G smoothing

The smoothed
data

Vanance

l
l

| Normalization SNR
x ¢ R X"X[(n=1) » MNonualization
Normalization X »
¥ N

Covanance

|
I
|
|
|
I
|
|
|
I
|
I
|
I
matnix R :
|
|
|
1
|
|
|
|
|
|
I
|
|
|

Eigen values Eigen vectors

v

Cumulative

Eigenvectors Matnix

i_ decomposition 1

PC subspace Residual subspace

|

I

I

I

I

I

I

I

I

|

I

I

I

L

|

I

|

I -
I The smoothed data
|

I

I

|

I

t

I

I

I

|

|

I

I

| 2o
| Q-statistic
|

|

I

I

al.

|
I
|
I
I
|
I
I
|
I
I
I
I
I
I
I
I
I
I
I
I
I
|
I
I
I
I
I
I
I
|
|
I
I
I
I
I
|
I
I
I
I
I
1

vanance (CV) — = ‘ Yes
p I —
Number of P P _‘I_I'—"‘ Q<07
PCs (k) | l No
. |
Threshold Decomposition : Fault alter
o, B "
P L"_ —. 1 (_’ ____________ | _________
- Residual | - 5 2
PC subspace Subspace ! l Fault diagnosis
¥ ]
| .y
(-statistic 1 C-contnbution plot
. |
1
1 Which sensor
; | contributes the most?
Calculate I
Self-detection efficiency |
: Recognition
"v | fauli sensor
Final :
o, 1 FDD repon
) >

Fig. 5.19 Flowchart of the method employed in [35]

established with the help of the modularized PCA method. Then multivariable decou-
pling fault diagnosis strategy based on expert knowledge is developed by using six
feature variables. Four faults have been used to evaluate the fault detection and
diagnosis strategy proposed in this study, including two indoor unit faults (indoor
heat exchanger fouling and electronic expansion valve fault), one outdoor unit fault
(fault in the four-way reversing valve), in addition to the fault in the system level
(undercharging the refrigerant). The analysis of result shows that, for the above four
faults, multivariable decoupling fault diagnosis strategy and the method of modular-
ized PCA fault diagnosis are effective. For example, Fig. 5.20 shows result of fault
diagnosis for 4-way reversing valve in the operation during the cold seasons.
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Fig. 5.20 The result of fault diagnosis for 4-way reversing valve in the operation during the cold
seasons [36]

In order to solve the problem of feature variable optimization selection, on the
basis of data mining method, a feature selection method for fault diagnosis model is
presented [31]. Firstly, with the help of correlation analysis method, excess variables
are removed, and then in order to optimize feature variable selection, the method
of association rule mining is used. Figure 5.21 shows result of association rules
detected from dataset. Through feature optimization, a total of five feature variable
sets (FS1-FS5) are selected. The original feature set is FS. The FS2 is feature set
after removing redundant variables, and FS3-FSS5 are the feature set mined with the
help of association rules. Models of fault diagnosis that were on the basis of neural
network method are established by using above feature sets, and the performance of
models is evaluated by four kinds of faults: refrigerant undercharge and overcharge,
4-way reversing valve and fouling of outdoor unit heat exchanger. As represented by
results, analyzing correlation method could effectively omit variables that are extra,
while association rule mining method can optimize the set of feature variables. The
fault diagnosis model with FS5 has the best fault diagnosis performance, and the
fault diagnosis correct rate has witnessed a rise from 88.7 to 96.4%, with hit rates of
all 4 faults higher than 90%.

Finally, a fault diagnosis strategy on the basis of the method of deep learning (deep
belief network) is presented in this section, and an investigation is also performed in
order to realize whether it has the potential to be used in HVAC system fault diagnosis
area is investigated [37]. For the deep learning method with a lot of parameters
and difficult selection problems, this section presents an analysis about how each
parameter influences the DBN model performance, and then proposes a parameter
optimization selection strategy, as shown in Fig. 5.22. The DBN model is evaluated
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Fig. 5.21 The results for association rule in [31]

by four faults in heating mode. It was revealed that application of DBN for HVAC
systems fault diagnosis is possible. Through optimization of parameters selection,
the correction rate of fault diagnosis for the approach increased by 5.05%, reaching
97.70%, over the DBN model with primary parameters. In addition, the depth of
DBN model is optimally selected as 2 layers, indicating that the DBN model may
not need to be very deep for fault diagnosis of VRF system. Besides, a comparison,
with analysis, between the performance of the DBN approach and the above ANN
are done and as the results show, performance and accuracy of DBN model is better
in fault diagnosis.
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Chapter 6 ®
Energy Efficient Variable Refrigerant e
Flow Systems for Modern Buildings

R. Parameshwaran and R. Karunakaran

6.1 Introduction

Energy savings has become a subject of continual study to conserve natural resources.
Energy savings for the Heating, Ventilating and Air-Conditioning (HVAC) systems
have been studied and implemented extensively. The purpose of HVAC control
systems is to keep people comfortable within an enclosed space, to maintain Indoor
Air Quality (IAQ) and thermal comfort. Although comfort zone is through of an
achieving a desired temperature in a building, it is also achieved by maintaining a
desired level of humidity, pressure, radiant energy, air motion, and quality.

The variable refrigerant flow (VRF) systems that vary refrigerant flow, are basi-
cally large-capacity versions of ductless multi-split air conditioning systems. The
revolutionary VRF systems first appeared in Japan in 1982 and are now used
throughout the world. In contrast to the conventional HVAC systems, they circu-
late the refrigerant directly to multiple evaporator units, rather than using water (in
a chiller) or air (in ducted DX systems) to achieve heat transfer to the conditioning
space.

Energy savings can be achieved with a VRF system and it can be attributed to the
system’s high part-load efficiency. As a high-efficiency air-conditioning scheme, the
VREF air-conditioning system is finding its way in office buildings. It is fast replacing
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the traditional chilled water systems owing to its waterless operation, absolute flexi-
bility and energy saving features. The VRF system modulates the refrigerant volume
according to capacity requirements.

The Primary concern in designing an air-conditioned building encompasses proper
thermal comfort, IAQ, Noise, Energy, Life Cycle Cost and Reliability. Of these, the
most important are thermal comfort, IAQ and energy savings. The HVAC systems
are major energy consumers in most industrial and commercial buildings. The HVAC
system can cost up to 30% of the first cost of a building and 40% of the building’s
operating energy expenses. A proper system design is one of the ways of reducing
energy use and life cycle costs of a facility, as well as enhancing the performance of
HVAC systems.

Thermal Comfort: Comfort problems are common in many of the air-conditioned
buildings. Explaining all the issues affecting comfort can be difficult, especially as it
relates to the operation of a space heating and cooling system. The foremost of these
are discussed.

The performance of a ventilation system is to provide satisfactory air quality
conditions depending on its effectiveness in supplying adequate outdoor air to various
locations in the occupied region and removing air contaminants generated within the
room. Most of the designers use the ASHRAE standard 62-2001 [1], that bases
ventilation rate on a per person value.

Even the average pollutant concentrations found indoors are more than the normal
threshold limit. While pollutants commonly found in indoor air are responsible for
many harmful effects, there is considerable uncertainty about what concentrations
or periods of exposure are necessary to produce specific health problems. People
also react differently to exposure to indoor air pollutants. It is one of the imperative
issues, which was often neglected by the HVAC designer.

The purpose of any ventilation system is to provide sufficient amount of outdoor
air to remove contaminants and to maintain the interior environment at a comfort-
able temperature and relative humidity. But in practice, ventilation may have a lesser
effect, due to a poor supply air distribution or a surplus. Proper distribution of condi-
tioned air plays an important role in both the comfort of the occupants and the air
quality of air-conditioned space.

The effectiveness of ventilation systems is directly related to the manner in which
supply air is circulated within the occupied zone. This pattern of air circulation, is
in turn influenced by the location of air supply outlets, windows, room geometry,
exhaust, and interior furnishings, as well as by the building’s heating and cooling
systems.

According to the ASHRAE standard 113-1990 [2], air velocity is an important
factor in the calculation of the comfort zone. However, the standard also restricts the
extent to which air velocity can be used to achieve comfort, by limiting it to a specific
maximum of 0.15 m/s in winter and up to 0.25 m/s in summer. So the airflow velocity
in the interior of the air-conditioned space is the most important factor of assessing
thermal feeling during ventilation, because it relieves the ‘hot’ and ‘humid’ feeling
even if air temperature remains constant.
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Maintaining constant thermal conditions in air-conditioned space is important.
Even minor deviations from comfort may be stressful in some places like offices,
industries and research areas and it leads to impaired performance and safety.
Conversely, workers already under stress are less tolerant of uncomfortable condi-
tions. The person experiencing thermal discomfort will feel either too hot or too
cold. While thermal discomfort may not directly harm people, it does have many
disadvantages. People may be less productive, feel tired or irritable, and make more
mistakes that could result in injuries.

Indoor Air Quality: Indoor Air Quality (IAQ) has become a pervasive problem
plaguing the building industry worldwide. Poor IAQ in commercial and office build-
ings is primarily related to new building technology, new materials, new equipment
and energy management operation systems. Occupants of buildings with air quality
problems suffer from a common series of symptoms, including eye, nose, throat irri-
tation, dry skin and mucous membranes, fatigue, headache, wheezing, nausea, and
dizziness [3].

Although these symptoms are of significant concern and may in a limited number
of cases lead to building-related illnesses, by far the biggest problem facing the engi-
neering community is discomfort rather than serious health impairment. Discomfort
leads to increased absenteeism and reduced performance and productivity. Pollution
free environments are practically impossible.

Optimum IAQ relies on an integrated approach to managing exposures by the
removal and control of pollutants and ventilating the occupied space properly.
Increasing the inflow of outdoor air can reduce concentrations of indoor air pollu-
tants. This too has to be done, taking care that the pollutants are removed from every
part of the room, and the energy consumed during the process is being used effi-
ciently. This is because, improper methods of pumping of the outside air can result
in the formation of dead zones i.e., regions with no air circulation to have excess
hazardous pollutant levels making it dangerous for the occupants.

Good TAQ may be defined as air that is free of pollutants that causes irrita-
tion, discomfort or ill health to occupants, of premature degradation of the building
materials, paintings and furnishings or equipment. Thermal conditions and relative
humidity also impact the perception of air quality in addition to their effects on
thermal comfort.

Focus onTAQ issues increased as reduced ventilation energy-saving strategies, and
consequently increased pollution levels, were perceived. A poor indoor environment
can manifest itself as a sick building in which some occupants experience mild
illness symptoms during the period of occupancy. More serious pollutant problems
may result in long-term or permanent ill-health effects. The IAQ of a building directly
impacts the health and productivity of its occupants.

There are several design strategies that can be used to deliver good IAQ. Controlled
ventilation, proper design, occupant behavior, and the use of appropriate healthy
building materials with a holistic design can provide good IAQ. Proper controller
design, good construction, proper functioning, and well-maintained HVAC system
will reduce the IAQ problem, if not eliminate, the majority of IAQ complaints by
building occupants.
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ASHRAE standards recommend the control of specific known contaminants. This
is not feasible, as the pollutants in today’s indoor rooms are innumerable. Natural
ventilation is opted to improve the air quality indirectly. But it was observed that natu-
rally ventilated buildings in Canada have high levels of biologically active contami-
nants and higher air change rates making it more uncomfortable and uneconomical
as determined by [4]. Hence other strategies are to be tried out.

The three basic strategies to maintain IAQ are source control, air cleaners and
ventilation improvements. Source controls are source specific and are aimed at
removing the source. This is not always applicable when the source is an integral part
of the zone. Air cleaners are designed only to remove suspended particulate matter.
Hence, it cannot be expected to remove pollutant gases. For [AQ maintenance,

It is suggested that ventilation is the best solution as it is not a pollutant specific
strategy [5]. Inadequate ventilation can increase indoor pollutant levels by not
bringing in enough outdoor air to dilute emissions from indoor sources and by not
carrying indoor air pollutants out of the house as reported by the Environmental
Protection Agency [6].

Controller Performance: Conventional control recognizes only the extremes.
In refrigeration, for example, a conventional thermostat recognizes only whether
temperature or suction pressure is above or below a set point. It then starts or stops
compressors and fans accordingly. If the controller set points are too close together,
the compressor and fans will short-cycle. Short cycling reduces equipment life, and
it also wastes energy because startups require in-rush currents about 10 times as high
as those for continuous operation.

On the other hand, if the set points are too far apart, the product will experi-
ence wide temperature swings that may affect the life of the product. In most of
the commercial refrigeration systems, the fan and compressor speed are normally
controlled using conventional controllers like the ON—OFF controller and the
Proportional Integral and Derivative (PID) controller.

In the PID, as the controller-settling time is more, single input—single output and
mathematical models have to be designed. In the proposed system the conventional
controllers are replaced by a fuzzy logic controller (FLC) in which there is fast
response time and less peak overshoot and the system is fully knowledge-based in
which multi inputs—multi outputs can be taken. Thus, by using the FLC for controlling
the fan and compressor speed with respect to the load, conservation of thermal energy
is possible.

High Energy Consumption: The HVAC system components such as the fan, duct
and cooling coil are designed for full load conditions. But, a full load will not prevail
throughout the period of operation. In the conventional Constant Air Volume (CAV)
system, the fan speed remains constant throughout its operation irrespective of the
load, and hence the temperature in the zone decreases when there is a decrease in
the load.

This results in thermal energy wastage at part-load operation, thereby affecting
thermal comfort. The CAV is replaced by the Variable Air Volume (VAV) system
in which the fan speed is varied in accordance with the load. By varying the fan
speed with respect to the duct static pressure and the damper opening in the VAV
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box according to the temperature to be maintained in the particular zone, the energy
is conserved and thermal comfort is achieved within the zone.

The thermal comfort in the zone is maintained in the occupant zone by maintaining
local air velocity, relative humidity, according to ASHRAE standards. In the VAV
system, during part load operations, there is a problem of poor air distribution, which
can be avoided by increasing the velocity of air at the inlet. By varying the velocities,
the throw at the inlet is provided optimally and the problem of poor air distribution
is minimized.

Based on the aforementioned parameters, in this chapter, a comprehensive survey
of the previous study on the performance of the VRF refrigeration system, a compar-
ison of EEV and TXYV, and controllers in refrigeration and air conditioning systems
is presented. The need for and the scope of this research work have been outlined at
the end of the chapter.

6.2 Energy Scenario in Buildings

6.2.1 Need for Energy Efficient and Sustainable Buildings

For over a century, the HVAC community has witnessed a quantum leap in the field
of design and value added renovations in Air-Conditioning (A/C) engineering. The
prime factors to be indisputably considered as the four pillars of the HVAC system
are, thermal comfort, Indoor air quality (IAQ), HVAC controls and energy savings.

The part played by humidity in the perception of thermal comfort cannot be
exaggerated, as minor shifts in RH will have a sharp impact on microbial growth, in
particular, at lower RH levels i.e. less than 30%. Typical causes for moisture problems
like building tightness, penetration and thermal bridge were listed with suggestive
references being made for limiting fungal growth.

The ill-effects of reduced and excessive humidity levels were mentioned. Studies
of the quantitative discomfort at different RH settings and associated thermal comfort
across an exposure range of 20 °C, 60% RH to 26 °C, 90% RH were elaborated
pointing out a favorable mix of parameters.

A strong relationship between air velocity, air temperature, skin temperature and
thermal sensation has been found by [7]. Based on this, it was recommended that an
extended summer comfort zone in which air movement up to 0.8 m/s compensated
for elevated temperature [8], Cheong et al. [9]. This extended zone was incorporated
into the ASHRAE Standard 55 [10].

A draft risk data for a turbulence intensity of 40% (typical of indoor office envi-
ronments) as applied in the standard temperature of 20-26 °C is observed by [11].
Using the draft risk curve, air movement is restricted to 0.12 m/s at 20 °C and 0.4 m/s
at 26 °C, which is extended to 0.8 m/s at 29 °C [12]. Thus it can produce a zone of
occupant controlled comfort conditions.
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Indoor Air Quality (IAQ) or the quality of air the occupant breathe is extremely
important which has a direct effect on the health of occupants in indoor environments
[13]. The indoor spaces where the occupants live would certainly have one or more
air pollutants or air polluting sources. They are mainly responsible for reducing the
quality of the indoor air and that might induce serious impact on the health and work
performance of the indoor occupants [14].

The outdoor airflow rate, the amount of heating/cooling capacity used to venti-
late and condition a space, depends upon the ratio of temperature and contaminant
concentration in the exhaust air to those of the occupied zone air as given by [15].

Newly constructed buildings retrofitted for energy efficient techniques without
mechanical ventilation systems tend to have insufficient air change rates leading
to greater discomfort [16—18] explain that some problems do not manifest them-
selves in conditions that directly affect occupants in obvious ways and as a result go
undetected.

James [19] presents that, as energy consciousness grew, stringent construction
standards were imposed, making it tough for the designer to find an energy saving
as well as cost effective construction design.

Olli et al. [20] identified that the IAQ will usually be improved by avoiding ventila-
tion rates below 20 cfm (9 L/s) per occupant and indicated that further improvements
in health and perceiving IAQ will sometimes result from higher ventilation rates up
to 40 cfm (18 L/s) per person. These findings are relatively consistent for office
buildings located in cold or moderate climates, but less certain for other building
types and climates.

Further, coming to material properties research on IAQ and hygroscopically active
materials [21] concluded that IAQ can be greatly improved by using a holistic
approach to building design. Building walls made of vapor permeable and highly
hygroscopic materials, enhances IAQ when used in conjunction with other strate-
gies. It is recommended to have the CO, level inside air-conditioned rooms to be
less than 1000 ppm [22]. However, current indoor air quality has been found to be
even worse than that outdoors.

The humidity problems in buildings can arise from several reasons including poor
design of the building itself, malfunction of the HVAC system, leakage, flooding,
inadequate insulation and so on. Most humidity problems are related to the fungal
growth on the exterior surface, finishing material surface or hidden growth inside a
gap between the exterior and interior wall [21].

High levels of humidity do not affect human health. The known health effects
related to high humidity are primarily caused by the growth and spread of biotic agents
in elevated humidities, although humidity interactions with non-biotic pollutants,
such as formaldehyde, may also cause adverse effects. Existing limits appear to be
based on engineering experience with such humidity problems in buildings. The
position of upper humidity limits has greater economic significance, particularly in
hot and arid parts of the country.

Most of the field and laboratory studies suggest that fungal growth does not
become an issue below 70% or even 80% RH unless there are other factors influencing
their growth on building surfaces. The studies conducted at lower RH values reported
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problems that could be corrected. In setting a maximum limit on air humidity in the
space, there is little, if any evidence from field studies that provides a reason for
distinguishing 60% relative humidity from 70% [23].

Microbial growth enhanced due to greater humidity levels has been known to be
a major cause of IAQ problems. In a study of 695 buildings over 10 years, micro-
bial growth accounted for 35% of the IAQ problems encountered [24] and IEA
recommended an average relative humidity of 80% as being the critical threshold.

It is suggested that a local relative humidity of 75% as a limiting fungal growth
[25]. Employers, by providing excellent indoor environments, hope to enhance
employee comfort and productivity, reduce absenteeism and health care costs, and
reduce risk of litigation are suggested by [26].

6.2.2 Energy Efficient HVAC Systems in Buildings

The need for higher productivity to match the growing competition has forced
employers to look for better indoor work environments. Better work environments
are expected to prevail, when the guidelines framed by ASHRAE standards are
implemented. Though the investigation on an already competing industry for this
implementation, may be fruitful, it is practically troublesome.

The design of a proper ventilation system has become a very urgent and long
unsolved puzzle for a HVAC engineer. Most of the ventilation systems are found to
be insufficient in providing proper comfort conditions. The design for proper comfort
conditions includes supply of conditioned air with appropriate design of a proper air
distribution system.

Maintaining a constant temperature throughout the room, and reducing the
concentration of the contaminants inside the room are also to be considered. These
factors play a vital role in the design, as they are interdependent.

6.3 Variable Refrigerant Flow (VRF) Systems

The revolutionary variable refrigerant flow system first appeared in Japan in 1982
and is now used throughout the world. It is fast replacing the traditional chilled
water systems owing to its waterless operation, absolute flexibility and energy
saving features. The VRF system modulates refrigerant volume according to capacity
requirements. To individually cool or heat a number of areas, the VRF inverter system
controls the capacity of units by means of an inverter compressor to match the demand
of indoor units.



124 R. Parameshwaran and R. Karunakaran

6.3.1 Attributes of VRF Systems

The intention of selecting a Variable Refrigerant Volume (VRV) system for commer-
cial air conditioning applications instead of conventional chilled water system is due
to the following major reasons:

e Chilled Water (CHW) based air conditioning systems are less effective at part
load conditions
CHW has less energy efficiency than that of VRV systems
The operational and maintenance costs of CHW systems are greater when
compared to those of VRV systems
Standby equipment is required for CHW systems
CHW system occupies more space in the building.

The variable refrigerant flow system features and its retrofit capability, enabling its
integration into virtually any building, old or new, with minimum structural alteration
are described by [27]. They have also explained the VRF system’s extreme flexibility
in the manner that, it can have a single condensing unit connected to multiple indoor
units of varying capacity and configuration. VRF systems provide effective zonal
control, which is capable of turning off individual indoor units in locations that do
not need cooling or heating while continuing to operate efficiently; thus, energy
conservation can be achieved.

With the rapid increase in land cost and the increased number of high-rise
apartment buildings, a multi-evaporator air conditioner (MEAC) featuring the vari-
able refrigerant flow (VRF) technology has become increasingly attractive and is
gaining its momentum towards occupant comfort conditions [28]. In this work, the
compressor speed was modulated and the electronic expansion valve opening was
altered by taking into account of suction pressure and the room air temperatures as
the control strategies. A controllability test was also conducted and it infers that the
control strategy and algorithm were feasible.

In the first of a two-part series of [29, 30] reported the development of a novel
Direct Digital Control (DDC)-based capacity controller for a DX A/C unit. The DX
A/C unit possessed a variable-speed compressor and supply fan that simultaneously
controlled indoor air temperature and RH in a conditioned space. Sensible heat ratio
is used as a controlled parameter and a numerical calculation algorithm considered
as the core element of the capacity controller is first presented.

The results of preliminary controllability tests suggested that the DDC-based
capacity controller could achieve reasonable control accuracy with room for improve-
ment with respect to control sensitivity. The second of the two-part series reported
on the further development of the controller to improve its control sensitivity, accu-
racy and the associated controllability test results. By incorporating a traditional
Proportional Integral (PI) controller into the DDC-based capacity controller, control
accuracy and sensitivity were achieved.

The performance characteristics of a vapor compression refrigeration system at
both steady state and transient conditions was studied in [31]. Two numerical models
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were presented for simulation, and the condenser and the evaporator were divided
into a number of control volumes. As the expansion valve and compressor have
very small thermal inertia, steady state models were applied and the transient and
steady state model’s numerical predictions were compared and found to have good
agreement.

For verifying the controllability of the refrigeration system and the refrigerant
superheating at the evaporator outlet, further simulations were performed by varying
the compressor speed and the throttling valve sectional area. Investigation on the
control of the refrigeration capacity by varying the compressor speed was performed
and it was found that this control impairs the system COP due to increase in the
degree of superheat.

From the above research works, it is quite evident that the energy conservation
potential expected for the VRF system is reasonably better, compared with that of
the VAV and fan-coil plus fresh air systems. The VRF air conditioning system is
a better alternative to the chilled water system because of its waterless operation,
absolute flexibility and energy saving features. The COP of the VRF system is high
at part load ratio compared to that of the chilled water system.

Variable Speed Compressor (VSC): The performance of the variable speed
compressor utilized for inverter air conditioning applications, has been analysed by
[32]. The map-based method is utilized to fit the performance curves of the inverter
compressor. The model was built at the basic frequency and the map condition as the
second-order function of condensation temperature and evaporation temperature.

Then it was corrected by the compressor frequency as the second-order function
of frequency and in actual operating condition. Based on the experimental data and
simulation model, the frequency at zero mass flow rate and power input at zero
frequency were discussed and the relation between COP and compressor frequency
was also analyzed.

The potential usage of the variable speed compressor running on a controller
that provides enhanced energy conservation, load matching capabilities and thermal
comfort for air conditioning application [33]. The article infers, that based on the
experimental data the energy savings obtained from the air conditioning system was
satisfactory. It also explains that thermal comfort and energy conservation together
can be obtained through a proper selection of a gain (K) parameter for the PID
controller.

A simulation model that includes a variable capacity compressor and a thermo-
static expansion valve in addition to the evaporator and micro channel parallel flow
condense is developed by [34]. An experimental bench was made up of original
components from the model. The refrigeration circuit was equipped with a variable
capacity compressor run by an electric motor controlled by a frequency converter.

The effects on the system performance of such operational parameters as
compressor speed, return air in the evaporator and condensing air temperature have
been experimentally evaluated and simulated by means of the developed model.
Effects of the refrigerants inventory have also been experimentally evaluated with
results showing no effects on the system performance over a wide range of refrigerant
charges.
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The design tradeoffs to optimize rapid cycling performance are based on exper-
imental results using two different evaporators and changing the other components
of an air conditioning system, as suggested by [35]. Rapid cycling has inherent
compressor lift penalties associated with larger mass flow rates, which need to be
minimized.

Increasing the refrigerant side area and reducing off cycle drainage minimize
evaporator dry-out. Combining a flash gas bypass with a suction line heat exchanger
was found to maximize performance during the off cycle, while allowing increased
cycle lengths without incurring major penalties.

The thermodynamic behaviour and capacity modulation of an open reciprocating
refrigeration compressor has been analyzed experimentally by [36]. The compressor
capacity modulation is performed by varying its speed. The key parameters related to
the performance and thermodynamic efficiency of the compressor are well described.
For several values of suction and discharge pressure and varying speeds of the
compressor, the key parameters are investigated thermodynamically and at lower
speeds of the compressor a significant increase of compressor efficiency is observed.

The effect of four artificial faults on the performance of a variable speed vapor
compression system through an experimental is investigated by [37]. By observing
the variation of cooling capacity, the compressor fault, condenser fault, evaporator
fault and refrigerant leakage fault were implemented.

By incorporating two rule-based modules for constant and variable speed opera-
tions, the COP degradation due to the fault in a variable speed system was found to be
severer than in a constant speed system. The system with an open-type reciprocating
compressor was found to show different trends of performance with respect to the
operating condition.

Based on the above observations it has been recognized that the inverted type vari-
able speed compressor is more energy efficient than the constant speed compressor.
The variable speed compressor efficiency at lower speeds is increased at part load
ratio.

Electronic Expansion Valve (EEV): Thermostatic Expansion Valves (TXV)
are usually used in refrigeration and air-conditioning systems. The efficient and
successful mechanical control of the refrigerant depends on the thermostatic expan-
sion valve. The TXV works by measuring and controlling the superheat in the evap-
orator. Controlling the superheat allows the TXV to meter the proper amount of
refrigerant into the evaporator under all load conditions and still re-vent flood-back
from damaging the compressor.

Alsoitisnotreliable due to few moving parts and lag response. An ideal refrigerant
control device would be non-refrigerant specific, have a very wide load range, be
able to be set remotely, and control temperature directly. Electronically controlled
valves would meet these requirements and the TXV can be replaced by the Electronic
Expansion Valve (EEV) whose working is similar to TXV. It responds quickly to load
variation and has the ability to easily set and change superheat setting.

In-depth information about the performance of the EEV when compared with the
conventional TXV and capillary tube with suitable instances was explained by [38].
EEVs react more quickly to changes; they have the potential to operate at lower
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super heat settings then the TXVs. Super heating refrigeration is an inefficient use
of evaporator capacity. The large tonnage of TXV that can allow greater refrigerant
mass flow under warmer temperatures cannot be tuned to restrict refrigerant flow
precisely enough under minimal mass flow at colder temperatures.

The flow characteristics of the EEV that utilized R22 and R407C is experimentally
investigated by [39] and a dimensionless correlation based on experimental data to
predict the mass flow rate of the refrigerants flowing through the EEV is developed.
They showed that the operation condition, flow area and the thermo physical prop-
erties of the refrigerant would affect the mass flow rate through the EEV based on
the analysis of the results of the experiment.

Ciro and Rita [40, 41] conducted an experimental study to evaluate the perfor-
mances in a steady state and in a transient state the operating modes of an EEV
and TXV. A steady state and transient state have been experimented in a vapor
compression refrigeration plant using as working fluids R22 and the non-azeotropic
blend chlorine free R407C. In a steady state condition, using R22, both the valves
maintain the superheating fixed at 10 °C. Using the TXV together with R407C, a
maximum of 6 °C is allowed in regard to the superheating degree although the static
superheating has been adjusted. For both refrigerant fluids the EEV presents much
smaller amplitude of superheat oscillations.

The differential pressure requirement of TXV restricting the reduction of
condensing temperature to improve the chiller COP was studied in [42]. To fully
utilize heat rejection capacity, the chiller should be able to work at a differential
pressure of 290-900 kPa and this range can be met by suing an EEV.

When the chiller operated with eight rather than six condenser fans at the part
load ratio of 0.5-1, the condensing temperature could drop by 0.1-3.4 °C, depending
on the chiller loads and outdoor temperature. This could result in a decrease of about
4.9 kW in the compressor power and a maximum of 28.7% increase in the COP.
The potential saving of chiller power helps to decide whether it is financially viable
to replace a TXV by an EEV with its controller for enhancing the performance of
air-cooled chillers.

The effects of refrigerant charge on the performance of the heat pump, with
experiments carried out by varying the refrigerant charge from —20 to 20% of fully
charge with the capillary tube and EEV have been investigated [43]. The result
shows that the capillary tube system was relatively sensitive to refrigerant charge
and outdoor load conditions.

In general, for the capillary tube system the degradation of the performance was
higher at undercharged conditions than that at overcharged conditions. The EEV
system showed a much higher system performance as compared with the capillary
tube system on the primary limitations of the present study, where the data were
taken on the heat pump system.

The valves optioned from this study may not represent general character tics
expected in many other air conditioners or heat pumps currently in use due to the
differences in system confirmation.
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The results of experimental investigation into the performance of a chiller
equipped with an electronic expansion valve under steady state and transient condi-
tions are presented and discussed in [44]. The tests were carried out in the laboratory
on a 25 kW nominal capacity chiller both during cold start and hot start.

The superheat setting of the expansion valve influences both the transient and
steady state performance of the chiller. By integrating the control of the expan-
sion valve into an overall microprocessors-based control strategy of the chiller, an
optimum refrigerant flow control can be achieved.

The evaluation and comparison of a conventional R12 cross-charged TXV and an
EEV using a Non-Azeotropic Refrigerant Mixture (NARM) and isobutene/propane
mixture (CARE 30) is described in [45]. The superheat temperature setting on an
expansion valve needs to compensate for the temperature slide associated with a
non-azeotropic refrigerant as these can be of similar magnitude. An R12 expansion
valve with a factory superheat setting of 5 °C tested on a wide range of evaporating
temperatures proved satisfactory in operation with CARE 30.

A dynamic model used to study the transient response of the system subject to
changes in valve position and operation frequency is developed [46]. The transient
response result shows that changes in water temperature take much longer to reach the
steady state compared to the refrigerant mass flow rate and pressure in the system.
It reveals that the overall system is a two time-scale dynamic system. The steady
state performance under different operational frequencies and valve positions was
analyzed. It was found that there exists a minimal feasible valve position at a given
operation frequency for the water chiller to work within a safe operation mode to
avoid water freeze-up in the secondary system.

A novel method was proposed [47] for improving the energy efficiency of an air-
cooler water chiller plant operating on part load conditions. The integrated multiple-
chiller plant uses the electronic expansion valve to control refrigerant flow, achieving
variable condensing temperature control. A prototype composed of four recipro-
cating compressors (including one variable-speed compressor), with a total nominal
cooling capacity of 120 kW was simulated and experimented. The results of both
the simulation and the experiment indicated that applying this novel energy-saving
method, the air-cooled chiller plant could get a significant performance improve-
ment on various Part Load Ratio (PLR) conditions, due to the apparent decrease of
condensing temperature and some increase of evaporating temperature.

The development of a representative and complete dynamic mathematical model
for the DX VAV A/C system having a variable speed compressor and pressure inde-
pendent VAV terminals is reported [48]. The model is component based and takes
into consideration the dynamic behavior of the VAV air distribution system.

The dynamic model has been developed based on the principles of mass and energy
conservation, and using correlations describing the operational performance of some
of the system’s components. The dynamic behavior of both the DX refrigeration
plant and the VAV air distribution subsystem can be simultaneously represented by
the complete model developed.

The performance of an inverter-driven multi-air conditioner having two indoor
units with EEV by varying indoor loads, EEV opening, and compressor speed has
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been measured by [49]. The operating characteristics and capacity modulation of
the inverter-driven multi-air conditioner were discussed based on the results of the
experiment. The result suggested that the superheats for both indoor units have to
be maintained around 4 °C by utilizing the EEVs in this system and consequently
compressor speed needs to be adjusted to properly modulate the capacities of each
indoor unit.

6.3.2 Amalgamation of Control Systems in VRF

Conventional HVAC Control Techniques: The air-handling system of a large building
must be designed to cope with a wide range of operating conditions since the weather
and occupants’ activities are subject to significant, periodic changes from day to night
and from season to season. The control system has a deciding role in maintaining
the indoor environment in the comfort zone.

The control of the HVAC system should satisfy the requirement of thermal comfort
and energy efficiency. While the modern control theory allows a high level of sophis-
tication in control systems design, classical HVAC control techniques such as the
two-position controller and the PID controllers are still very popular because of
their low cost and relatively simple structure, which can be easily understood and
implemented in practice.

The air-conditioning process is highly non-linear and in order to cater to the large
variation in system parameters using one universal controller, research work has
recently been done on the introduction of a Fuzzy Logic Controller.

A study on designing a controller for a real-time HVAC system that implements
thermal environment in the space for virtual reality was proposed [50]. The study
illustrates the possibility of constructing a control mechanism for thermal environ-
ment in real-time by instantly mixing the hot and cold air streams supplied from the
loops that allow air to be circulated at constant temperatures.

At the exit of the mixing section, to have a simultaneous control of air temperature
and flow rate, a cascade control algorithm and gain scheduling was applied to the
system. The results of the experimental showed that the controller approached the
set temperature and flow rate within 2 or 3 s and was found to be fast and sufficiently
stable for real-time implementation of thermal environment in a space.

The control strategies with both feedback and feed-forward controls were demon-
strated by [51]. In particular, they discussed feed-forward from internal disturbances,
such as lighting and electrical machines. By means of a number of computer simu-
lations based on an identified state-space model of a small building, it is shown
that such a control strategy reduces the energy use as well as improves the control
performance (smaller temperature variations).

Further, it is shown that the dynamic feed-forward gives a better performance than
the static feed-forward and that the static feed-forward gives a better performance
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than no feed-forward at all. It is also shown how the improvement of using feed-
forward controller strategies in the building studied, depends on the frequencies of
the disturbances.

A description of a two-position controller and a PID controller in a HVAC system
was reported in [52]. The mathematical equations and building models are simu-
lated in the SIMULINK-MATLAB software package. The Fuzzy logic control has
attracted, increasing attention essentially because it can provide an effective solution
to the control of plants that are complex, uncertain, ill-defined, and have available
qualitative knowledge from domain experts for controller design.

The control strategies of the HVAC system components and a dynamic model that
helps reduce energy consumption and improve the indoor environment quality were
demonstrated in [53]. The PID controller may be used to maintain indoor temperature
and humidity at set point values by an air-handling unit. PID gains are determined
using Zichols-Ziegler method and the simulation results of the open loop and closed
loop responses of indoor temperature and humidity ratio are presented. The results
show that the system is capable of rejecting disturbances effectively within a small
period of time and with less error.

Application of Fuzzy Logic Control (FLC) in A/C System: Severe nonlinearities
and uncertainties pose additional difficulties to the control theory of general control
systems and the design of their controllers. In order to overcome these kinds of
difficulties in the design of a controller for an uncertain nonlinear system, various
schemes have been developed in the last two decades, among which a successful
approach is the fuzzy logic control.

Recently, the fuzzy logic control has attracted increasing attention essentially
because it can provide an effective solution to the control of plants that are complex,
uncertain, ill-defined, and have available qualitative knowledge from domain experts
for controller design. In recent years, fuzzy control has been utilized in HVAC equip-
ment and systems, such as a fan-coil unit, an air conditioner, a central air-conditioning
system, and a hydraulic heating system.

6.4 Assessment of VRF Systems for Buildings

6.4.1 Advanced Intelligent Control Methodologies

The fuzzy control systems designed to respond to dynamic variation of CO, concen-
tration with change in occupancy were analysed by [54]. It also analyses typical
transient conditions. Although it is commonly thought that the use of a CO, sensor
may lead to under and over ventilation, it is proved that the careful design of the
controller, combined with system modeling, can overcome these conditions. The cost
of the CO; sensor is another factor that is considered. The energy savings obtained
in the compressor was estimated to be 2% and that in the fan and the compressor
increased to 4.5%.
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A new concept of controlling the refrigerant flow in refrigeration and air-
conditioning systems using the algorithm of fuzzy logic was introduced by [55].
It is a well-known fact that the refrigerant flow must be controlled to improve the
air-conditioning performance and to prolong their life. The Fuzzy Logic Control
(FLC) algorithm was adopted for the control of refrigerant flow and the design of
the controller was highlighted. Also the performance of the FLC was compared with
that of a conventional commercial controller. The results proved that the FLC has
achieved better performance.

The use of weighted linguistic fuzzy rules in combination with a rule selection
process to develop accurately a fuzzy logic controller designed to control the HVAC
system’s energy performance and indoor comfort requirements was suggested [56].

An adaptive learning algorithm based on genetic algorithms for automatic tuning
of PID controllers in HVAC systems to achieve optimal performance was proposed
[57]. The simulation results yielded minimum overshoot and settling time.

A fuzzy logic controller was designed [58] to regulate the crank angular speed
of the mechanism, compared to an optimal PID controller. The inputs to the fuzzy
controller are the error and change of error in the crank speed and the output is the
applied voltage.

The results obtained from the fuzzy controller are not only superior in rise time,
speed fluctuations, and percent overshoot but also much better in the controller output
signal structure, which is quite remarkable in terms of hardware implementation. The
simulation results for both open and closed-loop controls are illustrated in tabular
and graphic forms for two different mechanism and control configurations.

An attempt was made to reduce the energy intake of a central air conditioning
system for multi rooms with varied thermal insulation and cooling requirements [59].
A fuzzy logic based thermostatic programming scheme was proposed to maintain
the temperature and humidity. The temperature and humidity sensors are sensed
from each of the rooms. The upper limits of the comfort zone, typically marked at
a temperature of 25 °C and a relative humidity of 70%, are used as the targets. The
FLC is used to maintain the temperature and relative humidity close to the targeted
values, and reduce the electrical energy intake of the AC compressor. As a result,
each room will maintain a temperature and a relative humidity near the set point,
while the compressor will remain ‘off” for an appreciable period leading to a saving
of energy.

The human thermal sensation index that can be used in feedback control of HVAC
systems using the fuzzy logic methodology was investigated by [60]. Six variables
were considered to estimate the thermal comfort level using fuzzy logic. Based on
the new fuzzy thermal sensation index, the relative influence of each of the six input
variables on thermal comfort is analyzed and used to construct a new HVAC control
strategy. The fuzzy comfort model is derived using Fanger’s ‘Predicted Mean Vote’
(PMV) equation and makes it an attractive index for feedback control of HVAC
systems. The simulation results for the new fuzzy PMV showed a good agreement
with Fanger’s PMV.
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A practical method of optimizing building section of centralized HVAC systems,
comprising indoor air loops and chilled water loops was reported in [61]. Mathemat-
ical models related to cooling loads and energy consumption for the components of
the system are established based on the analysis of component characteristics. An
Adaptive Neuro-Fuzzy Inference System (ANFIS) is employed to model duct and
pipe networks by considering a variation of the cooling load of each end user and
information obtained about optimal differential pressure set points based on limited
sensor. For the system energy a mix-integer nonlinear constraint optimization is
formulated and solved by a modified genetic algorithm.

The objective of the paper is to optimize the overall system energy consumption
rather than that of the individual component. The proposed optimization method is
compared with the traditional method using a simulation study applied to a typical
centralized HVAC system and the results show that the system performance improves
significantly upon employing the proposed method.

An approach to automatically identify the defects in the HVAC system using the
fuzzy-genetic algorithm (FGA) was developed by [62]. The FGA system has been
used widely in many other applications, such as synthesis of fuzzy control rules, and
fuzzy classification rules. Genetic algorithms are used to train the fuzzy rule table by
training data that are generated from the HVACSIM + simulation program. Optimal
fuzzy rules are generated based on the optimization capability of genetic algorithms.
By tuning the fuzzy table, the faults represented as different fault levels in the AFD
system are distinguished. Simulation studies are conducted to verify the efficiency
of the proposed AFD system, for the single zone air handler system.

6.4.2 Cooling Application

In the context of evaluating the performance of VRF system, the emission from
each indoor unit in terms of heating and cooling was investigated by [63], wherein a
calorimetric experiment was conducted, and the emission was estimated accordingly.
A thermodynamic analysis on the properties of the refrigerant was also performed
as part of this study.

The attributes and the installation of the variable refrigerant volume into any
class of building structures including the older and the modern buildings with
minimal modifications to their structural elements were studied by [27]. The study
has suggested that the VRF system can be a better option for such buildings wherein,
multiple indoor (evaporator) units can be coupled to a single outdoor (condensing)
unit. This in turn would add a higher flexibility for the VRF systems to be installed in
place with many indoor units of varying configuration and capacities being connected
to a single outdoor unit.

An attempt to evaluate the performance of a direct expansion variable air volume
air conditioning system through the modelling of each inherent component of the
system was carried out by [48]. For the modelling part, the principles of energy and
mass conservation were utilized in addition to considering the relations that well
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describes the operating features of each component based on the real time data or
the information as obtained from the manufacturers.

The operational performance of a variable speed compressor to suit for an inverter-
based A/C system was modelled using the map-based methodology to best fit the
operating curves of the compressor [32]. The model was constructed based on the
basic frequency and the map was considered as the second-order function pertaining
to the evaporation and the condensation temperatures. Suitable corrections were
incorporated into the model with respect to the real time operating conditions and
the specific volume of the refrigerant at the suction side of the compressor. A relation
between the coefficient of performance and the compressor frequency was developed
considering of the frequency at zero mass flow rate and the input power at zero
frequency.

The performance of a VRF system amalgamated with a variable air volume A/C
system was evaluated using the fuzzy logic-genetic algorithm approach [64]. The
developed A/C system was operated under two schemes of ventilation, that is, the
demand controlled ventilation (DCV) and the economizer cycle ventilation (ECV).
This strategy was adopted to study the thermal comfort, indoor air quality and the
energy savings of the VRV-VAV A/C system on a yearly basis. Interestingly, the A/C
system delivered 54% of energy conservation in summer and 61% of energy savings
during the winter operating conditions. Moreover, the annual energy conservation
potential of this A/C system was found to be 36%.

A step further, amalgamation of VRV systems with latent heat storage systems
for achieving enhanced energy efficiency without sacrificing on thermal comfort and
indoor air quality in modern buildings was demonstrated in [65]. Because of the
integration of thermal energy storage, the VRV air conditioning system has achieved
17.7% of energy-cost savings on a yearly basis. Furthermore, this system main-
tained the indoor air temperature precisely around 24 °C due to the integration of the
advanced intelligent fuzzy logic controller.

The operational characteristics of a digitally controlled variable multiple air condi-
tioning system was experimentally estimated for part load conditions during summer
and winter conditions [66]. The results indicate that the A/C system was energy
efficient, reliable and economical under part load conditions.

The functioning of a VRF multi-split A/C system with long pipe and integrated
with a sub-cooler during cooling season was evaluated by [67]. The effect of the
subcooling heat exchanger was analysed and found that the cooling performance
factor is improved by 8.5% in comparison to the baseline without the subcooler, under
the similar outdoor temperatures. At the same time, the total fraction of refrigerant
which flows through the subcooler crosses a higher mark of 5.27%, the cooling perfor-
mance factor gets reduced because of the decreased mass flow rate of refrigerant
through the evaporator coils.

The performance of acommercial VRF system equipped with a microchannel heat
exchanger under cooling mode of operation was examined by [68]. It was observed
that the discharge pressure was varied between 3 and 3.15 MPa for a part load ratio of
100% with an optimum amount of refrigerant being charged in the system. Overall, it
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was concluded that the microchannel heat exchanger finds its suitability in the VRF
system with long pipe as compared with a fin-tube heat exchanger.

A control strategy with variable evaporating temperature for a VRV system under
partload condition for cooling mode operation was explored in [69]. This new control
strategy yielded about 50% reduction in the energy consumption thereby enhancing
the energy efficiency of VRV system working under part load operating conditions.

A comparative analysis on the cooling energy consumption between a water
cooled VRF-HP system and a traditional chilled water air handling unit (AHU)
system was presented in [70]. The investigation on the model that predicts the perfor-
mance of the system was developed for a direct expansion air handling unit-water
source variable refrigerant flow heat pump system, after having done an extensive
calibration procedure.

Interestingly, the results revealed that the coefficient of performance (COP) of the
chilled water AHU system varied from 2.1 to 6.2 on the spring day. However, the
DX AH-water source VRF HP exhibited a minimum and a maximum value of COP
of 5.3 and 5.8, respectively. The energy analysis inferred that the proposed VRF
system saved energy about 20% annually when compared with the conventional
chilled water AHU system.

The energy efficiency of a multi-functional VRF system being operated in heat
recover option with a water heating system was demonstrated experimentally by [71].
With the water heating system in operation, under the cooling and heating modes,
the performance of VRF system has improved by 20.4% and 7.3%, respectively, on
daily basis. This is attributed to the enhanced heat recovery ratio from 0 and 0.1 and
also due to the reduction in the compressor pressure ratio. Also, it is observed that
by utilizing the heat recovery, the discharge pressure was decreased by 22.2% with
an increase in the performance factor by 17% on hourly basis.

The performance of a VRF system, was evaluated theoretically [72], wherein the
VREF system was analysed from the viewpoints of novel control strategy for energy
savings and the integration of VRF system with a chilled water storage system. It is
suggested that, the new energy control strategy proposed for the VRF system could
save 10.8% and 15.4% of energy during cooling and heating season, respectively.
Likewise, the proposed VRF system saves 12.5% of seasonal cooling energy in
comparison to a baseline VRF system.

6.4.3 Heating Application

The crucial aspects of liquid floodback which might lead to huge energy consumption,
thermal discomfort to the occupants inside the building and failure of the compressor,
mechanically after some periods of operation were studied by [73]. In this study, the
diagnosis of fault for the scroll compressor of a VRF system was analysed and
predicted using the decision tree models, especially classification and regression tree
(CART) model. The study suggests that the extrapolated rules obtained from the
data-driven models being considered were in good agreement with the knowledge
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of domain. However, to foresee the fault of the compressor before in hand and very
precisely, it requires more number of essential variables of the compressor itself.

The simulation analysis performed by [74] on ground-source VRF heat pump
systems using the Energy Pro software revealed that these systems can reduce the
consumption of energy by around 32—40% for heating and cooling in buildings.
However, the cost factors associated with the ground-source VRF heat pump systems
are higher as compared to the air-source VRF systems. Hence, it is suggested to carry
out a detailed cost analysis between these two types of systems so as to strike a good
balance with respect to the energy-cost implications.

A combined VRF and a variable air volume (VAV) air conditioning system was
proposed to address the challenges pertaining to the energy performance at part-
load conditions, indoor thermal comfort, and energy efficiency in buildings [75]. In
this study, two strategies named global coordinated optimization and local coordi-
nated optimization have been proposed. The significance of these strategies is that
the outdoor unit of the VRF system can be turned ON and OFF depending upon
the local surrounding (outdoor) conditions using an intelligent control system. The
performance of this system was simulated and evaluated for heating conditions, which
showed a reduction in the consumption of energy by the system thereby; signifying
the importance of implementing the global coordinated optimization strategy.

A heating control model was introduced [76] that integrates the adjustment of
heating frequency, switching condition of the module and the allocation of frequency
model. This is done in order to ensure better energy savings potential through stable
operation of the VRF system under heating mode.

6.4.4 Key Property Indicators for Fulfilling VRF Integration
in Buildings

e Fast cooling/heating of the rooms/zones with a highly active variable speed
COMmpressor.

e Better refrigerant distribution with shorter running length of refrigerant piping
networks. This would pave way for low heat losses, low pressure drops, low
maintenance issues and longevity of the VRF systems.

e Energy conservation using a variable speed compressor that modulates the flow of
refrigerant to individual room/zone depending upon the prevailing cooling/heating
load conditions.

e Connectible capacity and zoning control (up to 16 zones) would enable VRF
systems to operate seamlessly throughout the year.

e Establishes a good balance between the temperature in indoor spaces and thermal
comfort to the occupants through the effective control of refrigerant flow, suction
pressure at the compressor and the speed of the inverter compressor (digital/any
advanced configuration).
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e VRF systems are flexible in terms of their design and installation and user friendly
in operation.

e Indoor and outdoor heat gains/heat losses that occur due to several combination of
conditions can be easily tackled by the VRF systems. Thanks to their technology,
flexibility and energy savings potential that makes VRF systems to best suit to
modern building applications.

e Use of advanced control strategies and methodologies including fuzzy logic, arti-
ficial neural networks, machine learning algorithms and so on can further add
more value to the performance of VRF systems.

6.5 Feasibility of VRF Systems for Modern Buildings

6.5.1 Energetic Potential

A study was performed on Abu Dhabi about comparison of VRF system with VAV and
FCU systems [77, 78]. Parametric investigations pertaining to the pressure variations
(both high and low pressures) and with different working fluids have been carried
out. The COP is found to be 3.9 and the compressor power required is 6.2 KW. The
conclusions derived from this study are, during hot conditions, when the pressure
of the evaporator is increased, it resulted in the enhancement of COP. However, the
case was opposite when the pressure of the compressor was increased.

Dealing with the evaporator, by increasing its pressure, it has led to the reduction
in the work done by the compressor. But this has a direct reflection on the condenser in
terms of more work to be done by the compressor for the increase of pressure. In this
work, the refrigerant R410a, was observed to be the second most efficient refrigerant
after ammonia. Ammonia cannot be used because of the hazardous nature. VRF
system is 22% more efficient than the VAV system and 20% more efficient than
FCU.

Likewise, during humid conditions, COP doubles when evaporator temperature
increases from 4 to 20 °C. However, as the temperature of the condenser was raised
from 22 to 48 °C at a constant evaporator temperature of 15 °C, the COP was observed
to decrease. From this study, it was identified that the consumption of electricity for
a VRF system will be minimum at 11 °C.

Another study conducted by the Saab et al. [77] on various refrigerants based on the
global warming potential (GWP) shows that R410a is also dangerous to environment.
Hence an alternate refrigerant is coming into popularity. R-32 has 10% more capacity
than R410a across all climatic conditions. R-32 enables compact design and higher
efficiency. But R-32 is flammable than R410a.

The retrofitting ability and the energetic performance of a VRF unitary air condi-
tioning system for building application in Jaipur, India were analyzed [79]. The
building under consideration was constructed with a standard single brick wall and
composed of a roof made up of fiber cement.



6 Energy Efficient Variable Refrigerant Flow Systems for Modern Buildings 137

For the detailed analysis, two identical rooms inside the building were chosen.
In one room, a VRF unitary A/C system equipped with inverter compressor was
installed and in the other room a conventional A/C system was fitted. The required
experiments were performed from 11 am to 6 pm. The experimental results reveal
that the VRF system maintained the indoor air temperature precisely as per the set
point without any fluctuations.

Whereas the conventional A/C system met the set temperature but with a fluctu-
ation of £2 °C. The results also indicate that when the VRF system was operated
under part load conditions, the energy savings were significant while compared to
that of the conventional constant air volume A/C system. On the other hand, at full
load conditions, the energy conservation potential from the VRF A/C system was
not significantly higher as expected.

The deviation between the simulated or predicted energy consumption and the
actual or the real time energy consumption is considered to play a vital role in the
design and functioning of a building. To address this issue, a research study was
conducted to calibrate the energy consumption of a VRF system, wherein the model
proposed in this work aims at reducing the errors associated between the simulated
and the real time energy consumption [80].

The proposed software model incorporates many entities and criteria in it
including the parametric selection, boundary conditions, sampling using Latin hyper-
cube and normalized mean biased error (NMBE) values. The results indicate that the
chosen building was consuming more energy for cooling during February month,
however the utilization of energy during the July month was considerably higher
than that during February.

The values obtained from the NMBE was found to be not within the set-limits for
these two months as per the simulation. Hence, it was concluded that the calibration of
the initial simulation model is of huge importance for the accuracy of the predictions.

6.5.2 Economic Prospects

A model was developed by [81] and tested the performance of a cost effective, energy
efficient, multi-type air conditioner that connected five indoor units to one outdoor
unit with a digital scroll compressor. Instead of using the inverter technology, which
has a potential risk of harmonic current emissions, this study used a digital scroll
compressor, which provided variable refrigerant flows.

The power consumption of the developed system was reduced from 100 to 25%
when the full load was reduced to a partial load of 17%, saving more than 75% of
the work required using a conventional un-loading method. The developed system
has a broader range of capacity output (from 17 to 100%) than that of an AC variable
frequency control system (from 48 to 100%). The developed system cost 20% less
than a comparable system with an AC inverter.

A research study [82] was focused on the cold store analysis, making use of
a variable speed compressor for refrigeration purposes, in which the speed of the
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compressor was modulated by employing the fuzzy logic control. In this work, the
compressor speed was suitably selected to function in the cold store air temperature.
The energy saving capabilities of the fuzzy logic control algorithm when applied to
the compressor side was concentrated. An energy conservation of about 13% was
obtained from cold store based on the fuzzy compressor control and R407C was
used as the refrigerant. Besides, with regard to the inverter cost, the pay-back period
determined was more than acceptable for the plant size examined [83].

A study based on a building model that inputs all the climatic conditions from
USA. 16 buildings from all the zones in USA are taken was conducted by [84]. The
objective of the study is to see the HVAC system’s site energy usage and source
energy usage. The office under consideration was a rectangular building of floor
area 4982 m? wherein every floor in the building comprised of five thermal zones.
These five thermal zones were classified into perimeter and core zones, in numbers
of four and one, respectively, allowing a fraction of 33% for the window-to-wall.
The building construction and the heat gain in internal spaces were based on the
ASHRAE Standard 90.1-2010 [85] recommendations.

Based on the simulation outcomes, it was revealed that the energy use at the
HVAC site was usually adopted for buildings located in cold climate localities when
compared to the buildings located in hot and mild climatic conditions. This was
mainly because of the energy being consumed for heating the building spaces through
the rooftop variable air volume and the VRF heat pump systems.

It was found that by utilizing the VRF system, it can save energy ranging from
14 to 39% when such system was subjected to sixteen distinct climatic conditions.
Interestingly, for the hot and mild climatic conditions, the models pertaining to the
VRF heat pump inferred higher savings at the cost when compared to the variable air
volume models. Furthermore, in the cold climate analysis, considering the different
amounts of gas and electricity consumption, the rooftop variable air volume units
showed less energy-cost consumption.

A comparative study on the thermodynamic and economic analyses between the
traditional HVAC and a VRF system using the factual data as obtained from an avail-
able system was conducted [86]. The building under consideration was an existing
social and cultural building that comprised of an area of 8852 m? requiring the heating
and cooling. The observations from this study revealed that, the VRF system was
found to be 44% economical than the conventional HVAC system, with a precise
control on room temperature up to £0.5 °C. This was not the case with the conven-
tional HVAC system, wherein the room temperature precision control ranged between
2 and 3 °C.
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6.5.3 Merits and Challenges

Merits of VRF Systems:

They are highly energy efficient when compared to other conventional cooling
and heating systems in buildings.

Space savings are more in VRF systems as they can handle multiple indoor units
that are linked to a single outdoor unit thereby; reducing the cost of installation
when compared to the CHW systems.

They fit well into the architecturally difficult spaces due to their constructional
features and configuration flexibilities.

With advanced control strategies, cooling and heating of zones or rooms can
be done individually and simultaneously at ease, ensuring the comfort and
satisfaction for the occupants.

Indoor air temperature can be controlled very precisely.

Ensures better indoor air quality because of their advanced air purification
features.

Usage of new and alternate

Very quiet operation provides acoustic comfort to the occupants in indoor spaces.
Thanks to less sophisticated instrumentation that enable the installation of the
VREF systems much easier than the conventional cooling and heating systems.

Challenges of VRF Systems:

VRV systems possess certain limitations related to their application for units
necessitating for high outdoor temperature.

Long refrigerant piping networks will increase both tonnage and cost of instal-
lation of the system in comparison to the traditional spilt air conditioning/heat
pump units and CHW systems.

As a single condensing unit can handle multiple evaporator units, any blockage
in the condensing unit would adversely affect the performance of all the indoor
units connect to it. Hence, it demands for a backup cooling/heating unit that adds
cost to the project.

Unsuitable for huge high-rise buildings because of the technical challenges
involved in running the refrigerant piping networks throughout and the need for
larger size condensing units.

Detection of any leakage in the refrigerant piping loop becomes more complicated
with respect to the running length of the pipes. Also, rectification of such leaks
consume time and that halts the working performance of VRF systems resulting
in some levels of discomfort for the occupants in buildings.

Skilled workmanship is required for the complete installation and servicing of
the VRF systems, as they come along with the sophisticated control strategies
and gadgets for effective performance and energy efficiency. Any flaw in the
installation of the VRF system may result in the malfunctioning of the indoor and
the outdoor units.
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6.5.4 Scope for Future Research

In view of significant research works been performed on the VRF systems in the
recent past, still there exist many possible ways of developing such energy efficient
systems that are suitable for building cooling and heating applications. The scope
for the development of next generation VRF systems are suggested below:

e Incorporation of advanced control methodologies such as fuzzy logic, neural
networks, machine learning algorithms etc., can enhance the energy efficient
performance of VRF systems.

e Optimization of the set points using genetic algorithm can lead to the precise
control of the indoor temperature and maintain the relative humidity for providing
better comfort to occupants.

e Machine learning based programming of the electronic expansion valves,
compressor, evaporator and condensing units can certainly benefit in modulating
the flow of refrigerant accurately through the system and that would yield better
cooling/heating comfort to the occupants in buildings without sacrificing energy
efficiency.

6.6 Conclusions

Compact and flexible air-conditioning systems are being installed in domestic and
commercial outlets. However, a viable energy efficient technology is needed to
conserve energy as well as to achieve better human comfort. The variable refrigerant
volume system is considered to be one of the most promising energy saving tech-
nologies gaining its momentum in recent years. The utilization potential of a variety
of VRF systems for enhancement of energy efficiency in buildings are reviewed and
discussed.

Energy savings can be achieved with a VRF system and it can be attributed to the
system’s high part—Iload efficiency. The VRF A/C systems operated using advanced
control methodologies in combination with a variety of ventilation schemes may be
expected to yield high energy conservation in comparison to the traditional cooling
and heating systems.

It is pertinent to note that the mass flow rate of refrigerant through the EEV
with advanced control methodology is more precisely controlled than the EEV with
PID and TXV at transient state and fluctuating part load conditions. Based on the
review of research studies presented, the role of VRFs has been justified to satisfying
the decisive factors, which in turn contributed for acquiring enhancement of energy
efficiency in buildings.
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Chapter 7

Behavior of a Variable Refrigerant Flow oo
System in a Controlled Simulated

Dynamic Environment

Napoleon Enteria, Hideki Yamaguchi, Masato Miyata, Takao Sawachi,
and Yasou Kuwasawa

7.1 Introduction

Providing a thermally comfortable and quality indoor environment for buildings
is energy-intensive [1]. In hot and/or humid regions, air-conditioning systems are
utilized to reduce the air temperature and air humidity content. In temperate regions,
heating, ventilating, and air-conditioning (HVAC) systems are used to maintain a
comfortable indoor temperature. Many kinds of HVAC systems (also called matured
technologies) are available in the market [2]. The VRF system is a type of HVAC
system with dynamic and flexible operation based on indoor and outdoor environ-
mental conditions [2]. Hence, these systems are often used in buildings owing to
their flexible operation, which depends on different indoor requirements, occupants’
comfort, outdoor conditions, and other factors [3].

The performance standards of air-conditioning systems, like VRF air-conditioning
systems, are based on different sets of measurements [2]. In Japan, ratings must follow
the product standard called the Japan Industrial Standards (JIS) [4]. In the JIS, the
system is operated under steady and controlled conditions with specified loading and
air conditions. However, the actual operation of VRF systems in buildings is expected
to be partial (less than full capacity) or unbalanced (all indoor units do not operate
at the same capacity) thermal loadings in different indoor and outdoor conditions.
Once a VRF system operates in partial and/or unbalanced thermal loadings, it is
expected to encounter different indoor and outdoor conditions, including changes in
air temperature and humidity.
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As the actual installation of VRF systems increases in different countries, it is
becoming more important to understand the behavior of the system. It will provide
more accurate estimates of the possible electric energy consumption to predict the
building’s energy consumption [5]. Hence, a performance evaluation of a VRF system
subjected to real operational conditions is indispensable [6-8].

7.2 Evaluation Procedure

7.2.1 Conditions

Figure 7.1a is a diagram of the experimental and testing facility used to make the
actual installed performance evaluation of the VRF system, and Fig. 7.1b shows
the actual view [8]. The facility consists of one outdoor chamber and three indoor
chambers. The capability and capacity of the experimental and testing chambers used
to simulate the actual operational conditions for the VRF system are shown.

** Not Drawn o Scale

Refrigerant

b e
Data
Monitor Control Control
]
IC2 C

D
Outdoor Chamber (0C): ‘“"H
Thermal Load Capacity: 0.33kW to 56kW
DB Temperature Range: -20 °C to 45 °C
Relative Humidity Range: 30 to 80%

Indoor Chamber (IC) [Each]:
Thermal Heating Capacity (H): Up to 12 kW
Thermal Cooling Capacity (C): Up o 12.5 kW Door
a) Humidification Capabilty (V): Yes

[l Outdoor Chamber [l Indoor Chamber

il

= r

b)

Fig. 7.1 Experimental and testing facility: a diagram and b actual [6]
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7.2.2 VRF System

Figure 7.2 is a diagram of the actual VRF system installed in controlled chambers,
which is subject to testing and measurements [8]. Figure 7.1 shows the installation
of the VRF system for which the outdoor unit is installed in the outdoor chamber
and the two indoor units are separately installed in two indoor chambers. As shown
in the diagram, the units are connected by refrigerant pipings with electrical wiring
for sensors and controls. As shown in Fig. 7.2, all the sensors required to monitor the
behavior of the VRF system and important data are attached to the system. Table 7.1
presents the so-called rated values based on the product provided by the manufacturer.
The rated values can easily be seen for all the VRF system products available in the
market, which are used as reference values when searching for an appropriate VRF
system to install in a building.

. - Electric Power Meter (Outdoor Unit and Indoor Units)
@ - Flow Meter (Refrigerant) Indoor Unit 1
-P S Refigeranty 0 o T
A ressure Sensor ( enger:jm) » 7 : Condensert a 81
f - Temperature Sensor (Refrigerant and Air) L
1
T - Humidity Sensor (Air) :
#¢ - Rotation Sensor (Compressor and Fans) =
Roupt Squp
Indoor Chamber 1
el @
Condensel ! 8.

Rivz Sy

Indoor Chamber 2
Outdoor Unit _‘
Outdoor Chamber
Fig. 7.2 Diagram of the VRF system under behavior evaluation
Table 7.1 Rated values of Operation | Rated electric | Rated capacity, | Rated COP
the VRF system under - -
. . conditions | consumption, | kW

behavior evaluation [6] kW

Cooling 6.61 224 3.39

Heating 6.43 25 3.89
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7.2.3 Evaluation Conditions

Table 7.2 shows the testing conditions when the VRF system was subjected to partial
and unbalanced loading. Table 7.3 shows the testing conditions when the system was
subjected to different outdoor air temperatures. Table 7.4 shows the testing conditions
when the system was subjected to low outdoor air-dry bulb temperatures and wet
bulb temperatures. The outdoor and indoor conditions were based on the JIS [9].
Figure 7.3 shows the equivalent humidity ratio for the conditions shown in Table 7.2
[8].

The load balance ratio («) is shown in Eq. (7.1) [6]. For & = 1, the indoor chamber
1 load equals the indoor chamber 2 load. For o = 0.5, the load of indoor chamber 2
is half that of indoor chamber 1. For o = 0, there is no load for indoor chamber 2,
and indoor unit 2 is not operating [6].

QIC1
o0 = —

7.1)
QICz

=1 QIC1 = Q1C2

Table 7.2 Test cases for the partial and unbalanced loading measurements [6]

Operation Outdoor Indoor conditions, Percentage Load balance ratio,
conditions conditions, °C °C (Indoor loading, % o (Ratio of indoor
(Outdoor chamber) (Respect rated units load)
chamber) capacity)
Cooling 35 °CDBT 27 °CDBT, 19°C | 100, 75,50,40, |[1,0.5,0
WBT 10.5 g/kg HR | 30, 20, 10, 5
Heating 7°CDBT, 6°C |25°CDBT 100, 75, 60, 50, |1,0.5,0
WBT 5.4 g/kg 40, 30, 20, 10, 5
HR

Table 7.3 Test cases for different outdoor air temperature measurements [7]

Operation Outdoor Indoor conditions, | Percentage Load balance ratio,
conditions conditions, °C °C (Indoor loading, % a (Ratio of indoor
(Outdoor chamber) (Respect to rated | units load)
chamber) load, Table 7.1)
Cooling 35 °CDBT 27 °CDBT, 19 °C | 100, 75, 50, 40, 30, | 1
40 °C DBT WBT 20, 10, 5
45 °C DBT 100, 50, 35, 20, 10
100, 50, 35, 20, 10
Heating 7°CDBT & 20 °C DBT 100, 75, 50, 40, 30, | 1
6 °C WBT 20, 10, 5
2°CDBT & 100, 75, 60, 50, 40,
1 °C WBT 30, 20, 10, 5
—7°CDBT & 100, 75, 60, 50, 40,
—8 °C WBT 30, 20, 10, 5
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Table 7.4 Test parts for the low outdoor air dry bulb (DB) temperatures and wet bulb (WB)
temperatures [8]

Test | Outdoor DBT & WBT, °C Indoor DBT, °C | Percentage Load balance
(Outdoor chamber) (Indoor loading, % ratio, o (Ratio of
chamber) (Respect to rated | two indoor units)
load, Table 7.1)
Part 1 |2 °CDBT & 1.5 °C WBT 20 °C 100 1

2°CDBT & 1 °C WBT
2°CDBT & 0.5 °C WBT

Part 2 | =3 °C DBT & —4 °C WBT 20 °C 100 1
—5°CDBT & —6 °C WBT
—7°CDBT & —8 °C WBT
—11°CDBT & —12 °C WBT
—15°CDBT & —16 °C WBT

@ 2°C DBT & 1.5°C WBT
o
:‘é 2°C DBT & 1°C WBT
8 2°C DBT & 0.5°C WBT
00 05 1.0 15 20 25 30 35 40 45
a) x [glkg]
-3°C DBT & -4°C WBT
@ -5°C DBT & -6°C WBT
K=
§ -7°C DBT & -8°C WBT
o
© _11°C DBT & -12°C WBT
-15°C DBT & -16°C WBT
00 05 1.0 15 20 25 30 35 40 45
b) x [g/kg]

Fig. 7.3 Humidity ratio (x) for the air conditions presented in Table 4.2. a Part 1: constant DB
temperature and b Part 2: different DB and WB temperatures

7.2.4 Performance Evaluation

Figure 7.4 shows the VRF system’s compressor’s operation under different condi-
tions. Figure 7.4ais based on the constant speed operation of the compressor, Fig. 7.4b
is based on the on and off operation of the compressor, and Fig. 7.4c¢ is based on the
on and defrosting operation of the compressor (during heating mode only).

The thermal capacity of the VRF system is based on the difference in the moist
air enthalpy between the return air and supply air of the indoor unit(s) multiplied by
the mass flow of the moist air. Prior to the actual operation of the VRF system, an air
flow correlation based on air fan speed was measured (see Chap. 8 for the complete
procedure).
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Fig. 7.4 Actual calculation
of the COP for a a steady on
compressor, b an on and off
compressor, and ¢ an on and
defrosting operation mode
compressor
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The measurement of the VRF system’s electric consumption is based on the
consumption of the outdoor unit [6]. The electric energy consumption for the indoor
units was not considered in this case, as it was less than 40 W each. All the impor-
tant measured parameters, such as electricity consumption, thermal capacity and
coefficient of performance, were all compared to the rated values shown in Table 7.1.

The calculations of the COPs are shown in Eq. (7.2). COP, represents the case
of the compressor operation shown in Fig. 7.4a, COP}, represents the case of the
compressor operation shown in Fig. 7.4b, and COP, represents the case of the
compressor operation shown in Fig. 7.4c [6-8].

7.3 Results and Discussion

7.3.1 Behavior of the VRF System

Figure 7.5 shows the sample time-dependent results for the electric consumption,
cooling capacity, and return air conditions of the indoor units based on the condi-
tions presented in Table 7.2. Figures 7.5a, b show the results when the VRF system
was operated at 100% thermal load. Based on the results, the compressor operated at
steady on (continuous), as the system was at full capacity operation. As the system
was operating steadily, the produced air conditions were also stable. Figures 7.5¢c, d
show the sample time-dependent results for 20% thermal load. These figures show
that the compressor was operating in on and off mode, which resulted in the fluctua-
tion of the air temperature and humidity produced by the VRF system. Based on the
observation of the ranges of compressor operation at different thermal loadings, there
is a minimum thermal load that the compressor can sustain the steady on operation
[6].

Figure 7.6 shows the sample time-dependent operation of the VRF system during
heating mode based on the conditions presented in Table 7.2. Figures 7.6a, b show the
time-dependent results for the case when the thermal load was 100%. The compressor
was operating steadily, which resulted in a constant temperature for the return air.
Figures 7.6c, d show the results when the VRF system was operating at partial
capacity and the thermal load was 20%. According to the results, the compressor
was operating at on and off, which is the reason for the fluctuating conditions for the
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Fig. 7.5 Sample time-dependent results for electric consumption, cooling capacity, and return air at
35 °C outdoor DB temperature for a—b 100% thermal load cooling operation and e¢—d 20% thermal
load cooling operation

return air’s temperature. The same situation occurred for the cooling mode, as there
is a minimum thermal load at which the compressor can sustain steady operation.
Based on the analysis of the thermal loading, the compressor for the VRF system in
this case can sustain a thermal load above 50% in heating mode and a thermal load
above 35% during cooling mode [6].

Figure 7.7 shows the sample time-dependent results for the case in which the
VRF system was operating under very low outdoor air temperatures and frosting
occurred in the outdoor unit’s heat exchanger per the conditions shown in Table 7.2.
Figures 7.7a, b show the results when the VRF system was operating at 100% thermal
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capacity, during which the frosting occurred in the evaporator (outdoor unit). The
frosting of water caused the VRF system to operate in the on and defrosting mode
to melt the ice that formed on the heat exchanger. There are many ways to activate
the defrosting mode operation, depending on the manufacturer. The occurrence of
the defrosting mode decreased the indoor unit’s return air temperature, as the indoor
units became evaporators as shown in Fig. 7.7b [8].

7.3.2 Performance of the VRF System

Figure 7.8 presents the calculated coefficient of performance during the cooling and
heating operation of the VRF system under different partial load ratios and load
balance ratios. The maximum coefficient of performance occurred in the median
loading (i.e., for the case when the thermal loading was balanced. There are many
factors to consider depending on the manufacturer [6]. Moreover, when the load
balance ratio decreases, the system’s performance decreases as well. Figure 7.8a
presents the case of cooling operation, in which the coefficient of performance
decreased when the load balance ratio was decreased while the cooling load ratio
remained constant. Regarding the heating operation, Fig. 7.8b shows the coefficient
of performance; the coefficients of performance were almost the same for all load
cases.

Figure 7.9 presents the calculated coefficients of performance of the VRF system
for different load ratios and outdoor air temperatures. Figure 7.9a presents the
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Fig. 7.8 COPs at different load ratios during a cooling operation and b heating operation
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Fig. 7.9 COPs at different load ratios at different outdoor air wet bulb temperatures for a cooling
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coefficient of performance when the VRF system was operating in cooling mode.
The system’s coefficient of performance decreased as the outdoor air temperature
increased due to the capability of the refrigerant to dissipate heat to the air in the
outdoor unit [7]. Figure 7.9b shows the system operation during heating, in which
the system’s coefficient of performance decreased as the outdoor air temperature
decreased. According to the analysis, the compressor speed increased to increase
refrigerant flow as the outdoor air temperature decreased. As the refrigerant flow
increased, much lower pressure was imposed on the lower-pressure side of the refrig-
erant, which is in the outdoor unit. This situation lowered the refrigerant’s boiling
point, allowing it to absorb heat from the air.

Figure 7.10 shows the VRF system’s electric consumption, heating capacity, and
coefficient of performance when it was subjected to the conditions presented in Table
7.2. The results show that the heating capacity and system’s electric consumption
increased as the wet bulb temperature decreased (the moisture in the air was reduced).
As the moisture in the air decreased, the heating operation time increased, thus
prolonging the heating time, resulting in a higher average heating capacity [8]. The
electric consumption increased more during the heating operation than during the
defrosting operation, as the heating operation consumed more electricity (Fig. 7.10a).
However, as this increase in electric consumption was minimal compared to the
increase in heating capacity, the system’s COP increased (Fig. 7.10b).

Figure 7.11 shows the performance of the VRF system when the outdoor dry
bulb and between bulb temperatures decreased. Figure 7.11a shows that the heating
capacity and electric consumption decreased as the temperature decreased, as the
system had difficulties supporting the heat requirement of the indoor chambers [8].
In addition, the air temperature in the indoor chambers lowered as the outdoor air
temperature decreased. Since the system’s heating operation time also decreased
as the outdoor air temperature decreased, the system’s coefficient of performance
(COP) decreased as the outdoor air temperature decreased (Fig. 7.11b).
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7.4 Conclusions

This chapter presented the evaluation of the VRF system under actual operational
conditions in a controlled environment to evaluate the behavior and performance of
the system.

The results show that partial thermal loading affected the operation of the VRF
system. The results also show that at median partial loading with balanced load (&
= 1), the system coefficient of performance was maximized. It was also shown that
when the VRF system thermal loading became unbalanced (o < 1), the system’s
performance was affected. Furthermore, the performance of the VRF system was
affected by changes in the outdoor air temperature, and its performance deviated
significantly from the testing conditions. When the heating-defrosting occurred at
a very low outdoor temperature, the performance of the VRF system was further
affected.

Hence, the installation of VRF systems in actual buildings is expected to affect
electric energy consumption since the performance of these systems is strongly
affected by the real operational conditions.
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Chapter 8 ®)
An Air Enthalpy Method for Measuring ez
the Thermal Capacity of an Installed

Variable Refrigerant Flow System

Napoleon Enteria, Hideki Yamaguchi, Masato Miyata, Takao Sawachi,
and Yasou Kuwasawa

8.1 Introduction

Determining the actual performance of an installed heating, ventilating, and air-
conditioning system (HVAC) system is very important for determining its perfor-
mance, behavior, and any possible problems [1]. Applying the appropriate thermal
capacity system based on the thermal load of buildings makes the system operate
efficiently [2, 3]. Hence, determining the system’s thermal capacity is important to
understanding if the installed system is performing as expected in terms of its design
and installation. As variable refrigerant flow (VRF) systems are becoming popular
since they can be operated variably, installed performance evaluations are impor-
tant to keeping their operating costs low and ensuring that maintenance can be done
quickly.

The measurement of an HVAC system’s thermal capacity can be done using
enthalpy methods, either in air or refrigerant. The problem with the refrigerant
enthalpy method is that the measurement of refrigerant flow rate is not simple in
the two-phase state, as mentioned in some articles on two-phase flow measurements
[4-6]. Hence, during the dynamic operation of a VRF system, measurements of
refrigerant mass flow rate in different indoor units are more difficult, as unsteady
two-phase flow is expected to occur.

Another method for calculating thermal capacity is to use the air enthalpy method
[7]. The calculation of air enthalpy is based on the moist air temperature and humidity.
In addition, the measurement of the moist air mass flow rate based on variable air fan
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speed operation is needed. If the above parameters are known, the system’s thermal
capacity can be accurately calculated, assuming that the sensors and instruments
used to measure the primary variables are reliable and accurate.

As VRF systems are expected to operate variably, depending on indoor and
outdoor conditions, it is important to accurately measure the primary variables—
namely, air temperature, air humidity, and air mass flow rates. Hence, it is impor-
tant to determine the methods, instruments, and sensors to use when measuring the
above variables based on the actual installed conditions of a VRF system in its real
environment.

This chapter presents a method for measuring the thermal capacity of a VRF
system. The authors used this method to evaluate VRF system behavior, performance,
and operation [8—10]. The presented information is based on the authors’ actual
experiences related to the installation and application of sensors and instruments to
measure the air temperature and humidity, as well as the measurement of air flow
rates based on the variable air fan speed of VRF systems in indoor units.

8.2 Methodology

8.2.1 Test Facility

The artificial control chambers testing facility is used for the thermal capacity evalu-
ation of the VRF system. The VRF system is installed in the testing facility in which
the thermal load, air temperature, and air humidity can be varied, both for outdoor
and indoor conditions. Figure 8.1 shows the testing facility where the VRF system
was installed. Figure 8.1a shows the actual view of the facility, and Fig. 8.1b shows
the schematic diagram of both the outdoor and indoor test chambers. The facility
consists of one outdoor chamber and three indoor chambers. Indoor chambers 1 and
2 are separated. The two indoor units can be installed in tandem in indoor chamber
3. In this study, indoor chambers 1 and 2 are used. Monitoring and control devices
using different sensors are installed to change, monitor, and store the independent
parameters using computers.

8.2.2 Test Specimen

A commercial VRF system is used as the test specimen for this research. (Fig. 8.2).
Figure 8.2a shows the outdoor chamber with the outdoor unit of the VRF system
under testing. Figure 8.2b is a schematic diagram of the VRF system showing all the
installed sensors. Figure 8.3 shows a VRF system indoor unit (IU) installed in the
indoor chamber of the test facility. Air temperature and relative humidity sensors are
installed in the indoor unit’s return air and supply air. One unit of temperature and
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Fig. 8.1 Test facility for the evaluation of the VRF system: a Actual view showing the test chambers
(both outside and inside) and b a schematic diagram of the test facility

relative humidity sensor is used in the return air part, and four temperature and relative
humidity sensors are installed in the supply air part, as it has four supply air parts
(Fig. 8.3a). The most accurate temperature and relative humidity sensors available
for a larger range were installed to obtain the most accurate readings possible. A
laser rotational sensor is installed in the shaft of the air fan in all the indoor units.
Figure 8.3b shows the schematic diagram of the indoor units, where the return air is
processed before it becomes supply air. The diagram shows the air fan, air vane, and
the location of the attached sensors.
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Fig. 8.2 VRF system under testing and evaluation: a View of the outdoor chamber with the outdoor
unit under testing and b a schematic diagram of the VRF system under testing and evaluation

8.2.3 Test Method

When the VRF system is running, all the sensors shown in Fig. 8.2 gather all the
data every five seconds. Moreover, the rotational speed of the indoor units versus
the air flow rates at different fan settings and air vane settings are gathered using the
specialized air flow measurement device shown in Fig. 8.4. Figure 8.4a shows the
air flow measurement device being prepared in one of the indoor units for air flow
measurements. Figure 8.4b shows the schematic diagram of the air flow measurement
device. This device eliminates the pressure loss created by the orifice and ducting
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Fig. 8.3 VRF system indoor unit (IU): a Actual view of the IU with attached sensors and b a
schematic diagram of the IU. T—dry bulb temperature, RH-relative humidity

by the pressure loss compensation fan, which is done automatically by the device
to balance the pressure between the outside air and the return air. The air flow is
measured using a digital orifice flowmeter with memory. In the case of this VRF
system test specimen, air flows based on different fan speeds and van directions
were measured based on three different air fan speeds (low, medium, and high).
All the precautionary measures have been applied and referenced based on existing
testing and measurement standards [11].
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units (IUs): a Preparation of air flow measurement using the device and b a schematic diagram of
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8.2.4 Test Evaluation

The air flows for different speeds and vane directions are measured to obtain the air
enthalpy and the thermal capacity of the installed VRF system. The fan speed was
measured using the laser rotation sensor attached to the fan shafting. The air temper-
ature and humidity, both for return air and supply air (See Fig. 8.2b), are measured
using the installed air temperature and humidity sensors. One air temperature and



8 An Air Enthalpy Method for Measuring the Thermal Capacity ... 163

humidity sensor is attached to the return air location, and four air temperature and
humidity sensors are attached to the supply air location, as it has four supply outlets
(Fig. 8.1b). The calculation of the air enthalpy and mass air flow rate is based on
moist air.

The enthalpy of moist air is expressed as:

h = hy + wh, 8.1)

where

h  total air enthalpy

h, dry air enthalpy

he water vapor enthalpy
w  humidity factor.

The thermal capacity is expressed as:

n

3 e~ i)

Qc = (8.2)

where

Q. thermal capacity

m, mass flow of moist air

h, moist air enthalpy of return air
hs  moist air enthalpy of supply air
n  number of indoor units.

8.3 Results and Discussion

8.3.1 Air Fan Rotation and Flow Rate Correlation

Figure 8.5 shows the sample correlation gathered after the air fan speed and air flow
rates were measured for different air vane angles using the air flow measurement
device. This kind of correlation was gathered for all different VRF systems to be
tested in the controlled chambers for actual performance evaluation. Figures 8.4a,
b show the correlation for the horizontal air vane position, Figs. 8.4c, d show the
correlation when the air vane was in an inclined position, and Figs. 8.4e, f show
the correlation for the vertical air vane position. With the gathered air flow and
fan rotation correlation, air flow can be measured accurately for the performance
evaluation of the installed VRF system.
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8.3.2 Indoor Units Air Fan

Figure 8.6 shows the actual air fan speed measured using the laser rotational sensors
when the installed VRF system was running under actual operational conditions.
The presented sample results are based on the steady operation of the VRF system in
which the rated capacity is measured based on actual installed conditions. Based on
the results, the fan air speed remained almost constant during this time. Also, during
the dynamic operation of the VRF system, an on—off fan speed or varying fan speed
could be measured, which can be translated to air flow rates based on the correlation
developed for the VRF system during the performance evaluation.

Figure 8.7 shows the air temperature and humidity ratio of the supply air and return
air. The installed air temperature and relative humidity sensors to be installed in the
measurement of the VRF system should be as accurate as possible. The sensors with
the highest accuracy are available but cost more than other sensors. However, with
the performance evaluation of the VRF system, expensive sensors and measurement
instruments are important to get reliable results.

8.3.3 Air Flow and Air Enthalpy

Figure 8.8 shows the calculated air flow rates and air enthalpy of the air flowing in the
indoor units. All the calculations were based on moist air. The moist air enthalpy and
moist air mass flow were calculated to obtain more accurate results for the flowing
air. Based on the results, during the stable VRF operation, the air flow rate and air
enthalpy remained stable, as expected. During the performance evaluation of the
VREF system, these parameters were constantly monitored to check the behavior of
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the VRF system and the controlled chambers, as well as the possible effect of outdoor
conditions.

8.3.4 Thermal Capacity

Figure 8.9 shows the calculated VRF system thermal capacity (which is a product
of the difference in air enthalpy between the return and supply air and the air flow
rate). As presented in the results, the calculated thermal capacity was almost the
same as the simulated thermal load. The thermal load was the heat load artificially
produced by the indoor chambers, which the VRF system absorbed during cooling
operation mode. During heating operation, the VRF system produced heat as the
indoor chambers’ air handling units absorbed the heating capacity produced by the
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VREF system. Based on these results, the air enthalpy method can be used to evaluate
the performance of the VRF system, as it can be almost the same as the thermal load
of the indoor chambers.

8.4 Conclusions

This chapter presented the air enthalpy method for measuring a VRF system’s thermal
capacity. It showed the conducted measurements of air flow, fan speed rotation, air
temperature, and humidity. This method was used to evaluate the VRF system’s
thermal capacity and performance, as presented by Enteria et al. [§—10].

The specific conclusions that can be drawn from this study are as follows:

It is important to measure air flow, temperature, and humidity, both in the return
air and supply air of the VRF’s IUs, using high accuracy sensors.

It is important to measure air flow rates based on fan rotational speed to obtain
the correlation formulation to be used to measure the air flow of the installed VRF
system.

Based on the VRF thermal capacity calculated using the air enthalpy method, the
measured capacity is almost the same as the simulated thermal load of the controlled
chambers.

These conclusions indicate that the air enthalpy method is reliable for evaluating
the installed VRF system’s thermal capacity. As such, measurements of installed VRF
system thermal capacity in actual buildings obtained using air enthalpy are reliable
if the sensors, instrumentation, and measurements of air flow rates are selective and
done properly.
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Chapter 9 ®)
Field Test and Evaluation of VRF System | o

Wenxing Shi, Baolong Wang, Hansong Xiao, and Zixu Yang

9.1 Background of Field Test

Environmental and energy concerns have dominated global discourse ever since the
energy crisis of 1972. Buildings account for more than 30% of all energy consump-
tion globally, exceeded both the industrial and transportation sectors in developed
countries [1]. The heating, ventilation, and air conditioning (HVAC) systems account
for almost half of all energy used in buildings due to social and economic develop-
ment as well as an increase in demand for improved thermal comfort in the building
environment [2]. In order to achieve the Paris Agreement’s goals of low carbon emis-
sions and energy conservation, it is important to increase the energy efficiency of
HVAC systems [3].

A type of ductless heat pump that can simultaneously handle the cooling and
heating needs of multiple zones is the variable refrigerant flow (VRF) system. The
variable speed compressor in the outdoor unit and the electronic expansion valves
in each indoor unit work together to control the refrigerant flow rate. VRF systems
have recently grown in popularity in the central air conditioning systems market,
especially in China and Japan, due to their distinctive features, such as effective
part-load performance, flexible control, and easy maintenance.

In Japan, 146,000 multi-split VRF systems were sold in 2018 [4]. About half of
medium-sized commercial buildings and one third of large commercial buildings
in China employ VRF systems, which have long held the market’s largest share for
central air conditioning [5]. Statistics show that China accounted for 58.8% of global
VRF market share in 2018, with sales volume of about 1 million units. Additionally,
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the Chinese market’s enormous sales volume has aided in the growth of VRFs on
the European and American markets.

In the background of the vast market scale, actual performance and energy effi-
ciency of VRF system have raise widely attention in recent years. Although VRF
systems exhibit high performance efficiency with various control strategy optimiza-
tions in the laboratory, their actual field performance could be much different. On
the one hand, pipe length and installation condition of VRF systems in real build-
ings could be quite different from those in the laboratory; On the other hand, actual
operation characteristics are affected by many factors, such as indoor and outdoor
environmental parameters, thermal performance of enclosure structure, occupants’
behavior and so on, which could be quite different from those in the laboratory.
According to the field test by Won et al. [6], the actual energy efficiency of the
VREF system in cooling season was only 1.74 kWh/kWh, which is remarkably lower
than the rated COP. Therefore, actual field performance should be emphasized over
laboratory performance.

Energy consumption, cooling and heating capacity, and energy efficiency are
often the key metrics used to assess the performance of VRF systems. By using high
accuracy power meters, it is very easy to accurately assess the energy consumption
of VRF systems when compared to other parameters. Accurate measurement of the
cooling and heating capacity becomes the focal point of field performance measure-
ment since the energy efficiency index (EER) for the cooling mode and (COP) for
the heating mode could be calculated, respectively, from the energy consumption
and capacity.

9.2 Methodology of On-Field Performance Measurement

For water-cooled VRF systems, the cooling or heating capacity can be obtained by
measuring the water temperature difference and water circuit flow rate. However,
this is not the case for air-to-air heat pump. In order to obtain the cooling or
heating capacity of air-to-air system, researchers mainly focus on two methodolo-
gies according to the measured medium (air or refrigerant), namely the air specific
enthalpy difference (AE) method and refrigerant specific enthalpy difference (RE)
method. Basic principle of field performance measurement to air-to-air heat pump
is presented in Fig. 9.1.

According to different acquisition methods of air volume and air enthalpy differ-
ence, the AE method is further divided into indoor side AE method and outdoor
side AE method. The former one consists of indoor air hood method and indoor
air sampling method, the later one is composed of outdoor air hood method, static
multi-point sampling method, static outlet air sampling method and dynamic outlet
air sampling method. Based on different principle of refrigerant mass flow measure-
ment, the RE method is divided into refrigerant flowmeter method, compressor
performance curve method, compressor volumetric efficiency method, numerical
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9.2.1 Water Temperature Difference Method

For water cooled VRF system (shown in Fig. 9.3), both the water flowrate and
temperature can be accurately measured with mass flow meter and temperature
sensor, respectively. Heat transfer of outdoor unit (Q,,, ) is determined accurately
from water side by Eq. 9.1. Besides, after measuring the power consumption of
compressor, total cooling capacity (Q;, ) is calculated by Eq. 9.2, and total heating
capacity (Q; ) is calculated by Eq. 9.3.

Qoutw = Gwcpw (tw,in - tw.out) 9.1
Qin,c = Qout,w — Peom (92)
Qin,h = Qout,w + Peom (9.3)

where G,, represents the mass flow of water (kg/s); ¢, represents the specific heat
capacity of water (kJ/(kg-K)), and ¢,,;, and t,,,,, are respectively the inlet and outlet
temperatures of water, °C.

In addition, in the case where water side is not accessible, other measurement
methods (AE method and RE method) can also be applied on water cooled VRF
system as substitutes.
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Fig. 9.3 Schematic of a water cooled VRF system with sub-cooling and injection circuits
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9.2.2 Air Enthalpy Difference Method

According to different acquisition methods of air volume and air enthalpy difference,
the AE method is further divided into indoor side AE method and outdoor side AE
method.

(1) Indoor side air enthalpy difference method

Indoor side air enthalpy difference method mainly includes indoor unit external air
hood method and indoor unit outlet air sampling method. External method is based on
the traditional measurements of heat transfer on the air side, and the paramters mainly
includes air flow rate, inlet and outlet temperature, corresponding air properties, such
as density and specific heat capacity.

@® Air hood method

The air hood introduces all the air outlets of the indoor unit into the air duct [7],
and the fan adjusts its speed at the end of the air duct to balance the pressure loss
caused by the test devices at the same time (Fig. 9.4). The anemometer and the
temperature/humidity sensors were used to obtain the air volume and the parameters
before and after the heat exchanger. The connecting parts shall be well sealed to
prevent any air leakage. Insulation of the duct and collector is also very important
so that heat loss is minimized. Besides, there are at least four groups of temperature
and humidity sensors that should be installed in the inlet and outlet of the indoor
unit with evenly distributed. In order to obtain accurate air density and specific heat
capacity, a group of temperature and humidity sensors shall be arranged near the
pressure sensor.

Actually, the outlet air is introduced into the air hood with a smaller area, which
enhances the accuracy for the air volume measurement. Moreover, the utilization of
multiple groups of temperature and humidity sensors reduces the error caused by
thermal non-uniformity. However, it is not convenient for it disturbing the normal
operation for both users and units.

@ Air sampling method

In order to simplify the test difficulties, the air sampling method was proposed. The
distribution of the inlet and outlet of the indoor unit is determined through multi-point
measurement in advance; therefore, the air hood could be left out in field test. The
inlet and outlet areas are divided into a certain number of small regions normally,
and the air temperature, humidity as well as velocity are measured, respectively.
Figure 9.5 shows the test principle by indoor unit of multi-connected air condi-
tioner of four-side air outlet ceiling unit [8]. The scalar and vector anemometer
measured three-dimensional airflow velocities in and from the unit creating an accu-
rate airflow velocity distribution curve, as shown in Fig. 9.6. The air inlet and outlet
volume are calculated by integration of distributed sensors and correction factor of
each measuring point. The temperature and humidity sensors are arranged in each
measuring point area. Therefore, the cooling capacity was obtained by Eq. 9.4.
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Fig. 9.4 Air hood method

ou

Air Temperature Air
= censor $-=
U-1 1U-1
Air collector Air collector
Pressure sensor Temperature

Fan sensor @
9 . 4
Air Air

0= / vipihidS; — 4[ vjpih;dS; 9.4)

Where, v, p, S are the airspeed, density and area of micro element; and the subscript
i and j are the serial number of each micro element of the air inlet and outlet section
of the unit. However, this method shows poor accuracy, especially in the cooling
condition. Besides, it is avoid to use the arithmetical average, since the supply air
exhibits evident non-uniformity.

(2) Outdoor side air enthalpy difference method

Although the indoor air enthalpy difference method has the advantage of being free
from the interference of outdoor meteorological conditions, it is difficult to achieve
high-precision long-term measurement due to its interference to users.

Fig. 9.5 Air sampling method. a Measuring point. b Air inlet and outlet. ¢ Sensors of air outlet
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@ Static multi-point air sampling method

In the static multi-point air sampling method, the cooling/heating capacity was calcu-
lated by the multiply of enthalpy difference and air mass flow. The air specific
enthalpy is calculated by arranging several groups of temperature and humidity
sensors at the inlet and outlet of the outdoor unit. Similarly, the air volume was
determined by the measurement of airspeed in multiple positions of the outdoor
unit. Therefore, the accuracy of the result was determined by the layout of airspeed
measuring points, which mainly includes the equal ring area method, the Chebyshev
integral method, and the logarithmic linear method. Based on the previous analysis,
the results based on the logarithmic linear method are more accurate [9]. The static
multi-point air sampling method does not need specific instruments as usual, since
it is composed of sensors of air velocity, temperature and humidity.

Probing temperature sensors shows better accuracy since it penetrate into the heat
exchanger and the synchronization [10]. Each probing sensor is equipped with two T-
type thermocouples, one of which is put on the exterior of heat exchange fins and the
other penetrates through fins into exhaust air chambers so that temperature of before
and after heat exchange could be measured at one time. In the field test, Ichikawa
et al. [8] tested the performance of the air source heat pump with a large capacity
installed in an office building in central Tokyo by a total of 27 probing sensors, as
shown in Fig. 9.7. And the velocity of exhaust airflow was measured on each fan
unit.

Static multi-point air sampling method is the most commonly used method for
its convenient implementation and operation. However, it is difficult to realize the
continuous and variable condition measurement (especially the VRF unit). Besides,
the accuracy is seriously disturbed by outdoor meteorological conditions.

@ Air hood method

The air hood is connected to the air outlet of the outdoor unit (Fig. 9.8) [11], which
is similar to the indoor air hood method. The average inlet/outlet air parameters
(temperature and humidity), and airspeed distribution were measured and calculated.
Compared with the air sampling method, the interference of outdoor environment is
avoided with better airflow uniformity.
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As for the testing device, the rectangular duct on the outdoor unit’s air outlet
and measured the quantity of exhaust heat by temperature and humidity sensor [11].
However, the installation of air hood affects the air distribution of air flow field of
outdoor unit, especially for multiple outdoor units (The phenomenon of air flow short
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circuit was eliminated by air hoods). The relative error of this method is about +
15%.

® Static outlet air sampling method

Considering the characteristic of the aforementioned static multi-point air sampling
method and air hood method, the static outlet air sampling method was proposed
[12]. By installing air outlet sampling devices at the outlet of the outdoor unit, the
sampling devices obtain the temperature, humidity, and airflow parameters at the
microelement. In order to improve the accuracy, the cooling capacity algorithm was
improved, as shown in Eq. 9.5. The calibration results in the laboratory show that
the measurement accuracy of this method is £ 12%.

NlI N‘i
Q=Y q=_ pcvisindySi(hins — hinp) ©9.5)
k=1 k=1

where, k and N are the number of divided micro elements and total quantity of
micro elements; q was defined as the heat transfer of the micro elements, W; 6 is the
supply air angle, °.

A sampling device that samples the exhaust heat from an outdoor unit was devel-
oped by Haga et al. [13], which was called the thermal flux sampler. An illustra-
tion of the thermal flux sampler is shown in Fig. 9.9. The average mean error was
12% compared with the heat balance method, which shows great improvement for
evaluating the actual performance of VRF system.

However, considering the complex structure of the measuring device, the instal-
lation of the measuring device is difficult. Besides, it is necessary to introduce the
outlet angle correction coefficient and flow correction coefficient, showing with large
uncertainties. The factors are closely related to the size and structure of the outdoor
unit, leading to the poor universality.

@ Dynamic outlet air sampling method

In order to solve the problems of difficult installation and complex debugging of
outdoor unit static outlet air sampling method, Zhao [15] proposed dynamic outlet
air sampling method, which used sensors connected with rotating rod on the arotating
shaft driven by the stepping motor moving at a predetermined speed (Fig. 9.10). The
total cooling capacity was obtained by the accumulation of sub-zone heating transfer,
which is shown as Eq. 9.6.

X Y 2
TR
Q =p Z Z [ha,out (va rl) - ha,in]v(emv rt)W (96)
m=1 t=1
where, X and Y are the numbers of sectors divided by the outlet section and the
number of partitions in the radial direction of each sector; i, o, (O m, i) is the specific
enthalpy of outlet air in the m partition at location r;, kJ/kg; h,i, represents the



178 W. Shi et al.

Fig. 9.9 Static outlet air sampling method. a Field arrange of the test equipment. b Outlet sampling
devices [14]

b

Orathet sction

Messuting points

Fig. 9.10 Dynamic outlet air sampling method. a Field arrange of the test equipment. b Principles
for dynamic outlet air sampling method

specific enthalpy of inlet air, kJ/kg; vi(6 1, 1;) is the test airspeed of outlet air in the m
partition at location rj, kJ/kg. The mechanical automatic control device was used to
complement the measurement progress, which avoid the effect from anthropic factor.

The measurement cost increased significantly for the cost of motor and control
devices. Besides, it is not convenient to install the equipment in some cases, which
also restricts the application of this method.
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9.2.3 Refrigerant Enthalpy Difference Method

(1) Compressor performance curve method

Based on the compressor operating data under specific experimental conditions
provided by the compressor manufacturer, the compressor performance curve method
calculates the refrigerant mass flowrate by fitting a polynomial to some directly
measured parameters. Furthermore, the directly measured parameters usually consist
of evaporation temperature, condensation temperature, adiabatic compression index
and compressor frequency. The above polynomial is applied to the actual operating
conditions, and the refrigerant mass flow rate under the corresponding operating
conditions is calculated. Further, the cooling/heating capacity of the system is deter-
mined by calculating the enthalpy difference between the refrigerant inlet and outlet
of the indoor heat exchanger.

According to Shao et al. [16], based on the experimental data at different frequen-
cies provided by the compressor manufacturers, the refrigerant mass flowrate can
be fitted to a polynomial as shown in Eq. 9.7. Under the same operating frequency,
different evaporating temperature and condensing temperature, the ratio of the refrig-
erant mass flow rate under a specific condition to that under the rated frequency
condition is only related to the operating frequency. Thus, refrigerant mass flow rate
at a specific condition can be calculated by Eq. 9.8.

]W())k = (111‘3 + art. + ast.t, + (142‘62 + ast, + ag 9.7

Mo =[ai(f = 1) +ealf = %) + e ] x Mg 9.8)

where, M " represents refrigerant mass flowrate at rated frequency, kg/s; M repre-
sents mass flowrate at a specific condition, kg/s; f represents compressor frequency
at a specific condition, Hz; f* represents rated compressor frequency, Hz; a; and ¢;
represent fitting coefficients based on experimental data.

The compressor performance curve method [17] is suitable for the calculation of
vapor compression refrigeration systems, and it is also applicable to the gas engine-
driven system. A gas engine-driven heat pump split air conditioning system was
used for experimental verification. Regression equations for refrigerant mass flow
rate were obtained based on the characteristic curve of the scroll compressor. The
relative errors with approximated and measured values of the refrigerant mass flow
rate are within 6-10% (Fig. 9.11).

Additionally, it has been implemented to calculate the performance in real-time
and with great precision on a high-performance microcomputer board and transfer
data to the cloud server online [18]. This system was set up in a number of buildings
in Japan with a variety of functions and weather situations, and the data collected
was analyzed.

On the basis of the approach’s main premise, this method is, nevertheless, quite
reliant on the fundamental information supplied by the manufacturer. In addition,
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after the long-term operation, some problems i.e. wear and tear of compressor, refrig-
erant leakage, will reflect the compressor performance. The field performance of the
compressor will deviate from the initial performance in the laboratory, showing low
accuracy in a long-term test.

(2) Compressor volumetric efficiency method

The ratio of the actual suction volume to the theoretical suction volume is used
to define the volumetric efficiency of the compressor [19]. As a result, once the
volumetric efficiency and structure of the compressor are determined, the refrigerant
mass flowrate (or cylinder volume) may be calculated:

Myef = Pref X Ny X Va X f 9.9)
14

y = — 9.10

=y (9.10)

Vs =nn(R* —r*)H/60 (9.11)

where, 7, represents volumetric efficiency, V; and V4 are the theoretical and actual
suction volume of the compressor, m*/rev; and f the frequency of the compressor, Hz.
As for the rotary compressor, R and r represent radius of cylinder and rolling piston,
respectively. The compressor volumetric efficiency method is also suitable for the
calculation of vapor compression refrigeration system, as well as gas engine-driven
system.

Recent studies have used an experimental data fitting equation to calculate the
volumetric efficiency of the compressor. This method is very dependent on the
manufacturer and may give unreliable refrigerant mass flow rate values [20-22].
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Besides, some simplified models were also proposed. Shi et al. indicated that the
volumetric efficiency is affected by clearance volume, suction and discharge resis-
tance, suction overheating, and leakage in compression process, which has been
concluded in Eq. 9.12 [23].

P. 1/m
My A [1 _ c|:(P—d> } - 1} x 0.95 9.12)
evap

where, ¢ is the relative clearance volume, dimensionless; pcong and pevap are the
condensing and evaporating pressure, MPa; m is the polytropic index, dimensionless.

Actually, the volumetric efficiency did not change a lot, and it was about 80—
100% in all conditions. Therefore, the constant volumetric efficiency was applied as
a simpler method that could estimate the performance.

A gas engine-driven system has been tested for the comparison of the air
enthalpy difference method and compressor volumetric effciency method. The results
indicated that the regression equations could estimate the volumetric efficiency and
the capacity with high accuracy, and the relative error is within 2%. As for the constant
volumetric efficiency, the performance could be estimated within 9%, as shown in
Fig. 9.12 [22].

The accuracy of the CVE method depends on the specific cylinder parameters
and accurate volumetric efficiency. Thus, the volumetric efficiency is affected by the
wear and deterioration of the machine and working conditions.

(3) Refrigerant mass flow meters method

(1) Method

The refrigerant mass flow can be directly obtained by the intrusive measurements
on the refrigerant side. Teodorese et al. [24] determined the refrigerant flow rate by
using the Coriolis flow meter installed at the exhaust side of the indoor unit in heating
season. To find out the flow rate and vapor quality of refrigerant, Tran et al. [25] used
two mass flow meters (Coriolis flow meter and external ultrasonic flow meter) in

Capacity [KW]

Capacity [KW]

Relative error [*a]

Time

Time

Fig. 9.12 Comparison between fixed volumetric efficiency method and measurement. a Cooling
mode. b Heating mode



182 W. Shi et al.

the laboratory. The accuracy has been verified by testing an air-to-water heat pump
compared with the water enthalpy method in laboratory conditions.

Generally, the refrigerant flow meter should be installed at the outlet (liquid line) or
the inlet of condenser (compressor discharge line). The pressures and temperatures
of the refrigerant can be measured in the same potions. When the refrigerant is
in biphasic conditions, two methods were applied to calculate the vapor quality.
Combining the results of tested density from flow meter with the liquid and gas
saturated phases tabulated densities, the vapor quality was assessed. Another method
uses a transit-time ultrasonic flow meter that measures the velocity of the liquid phase.
It is shown that the method is reliable in both steady period and dynamic conditions
(defrosting periods included). The relative error in comparison of the water enthalpy
method has been measured to be 1.8% on average on a long-duration test.

(2) Device

Coriolis flow meter and external ultrasonic flow meter are the main devices for refrig-
erant flow tests. However, Coriolis flow meter is expensive and it is inevitably intru-
sive, which will seriously affect the RAC operation state. External ultrasonic flow
meters may be a solution; nevertheless, it does not operate correctly on biphasic
refrigerant of high vapor quality. Therefore, it is difficult to realize in the field
measurement environment.

(4) Throttling model method

A different approach to calculating the cooling capacity of the VRF is proposed based
on the throttling model because the properties of the EEV reflect the flow rate of the
refrigerant. According to the throttling characteristic equation for a compressible
fluid, the Throttling Model Method determines the mass flow rate of the refrigerant
m; based on the compressible fluid throttling characteristic equation. Equations 9.13—
9.14 states that m;, is determined by the flow coefficient Cpj, orifice area A,;, inlet
pressure piy i, outlet pressure poyi, and specific volume of the refrigerant inlet vj, 1
under specific conditions of evaporating, condensing, and refrigerant temperatures
of the EEV inlet and outlet [26]. Additionally, an adiabatic throttling model could
be used for systems utilizing capillaries [27].

My = Cp i Ay iz/2(Pini — Pour,i)/Vin,i (9.13)

Qroat = Y myiAhi 9.14)

i=1

Recent studies on throttling model method concentrates on the correlation to flow
coefficient Cp ;. Christian et al. [28] studied the 8-PI correlation for an electronic
expansion valve based on an orifice equation. Coefficients for the correlations were
studied using two different valves and refrigerants (R410A and R404A). In the study,
the 8-PI group correlation predicts the mass flow rate with an accuracy of + 15%
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error (shown in Fig. 9.13a). Woohyun et al. [29] investigated three different virtual
refrigerant mass flow sensors (VRMF) that use mathematical models to estimate
flow rate, including compressor map method, energy balance method, and empirical
correlated throttling model method. According to experiments, the three VRMFs
work well in estimating refrigerant mass flow rate for various systems with less than
5% root-mean-square (RMS) error (shown in Fig. 9.13b).

(5) Compressor energy conservation (CEC) method

First proposed by Fahlén et al. [30], the compressor energy conservation method
measures the refrigerant mass flowrate across the compressor based on energy conser-
vation equation. For room air conditioner (RAC) where the refrigerant mass flowrate
across the compressor equals to that across all indoor units, CEC method can be
directly applied to obtain the field performance. However, for VRF system with
multiple circuit such as oil return circuit and subcooling circuit, the refrigerant mass
flowrate across the compressor does not necessarily equal to that across all indoor
units. In this case, field performance can not be directly obtained by CEC method.
Thus, the compressor set energy conservation (CSEC) method is proposed by Zhang
et al. [31] to solve the problem on VRF.

® Compressor energy conservation (CEC) method

Since the single-stage compression system has been applied in RACs in the most
extensive scale, the system with a gas—liquid separator is shown in Fig. 9.14. Based
on the fundamental conservation of energy principle for the compressor (Eq. 9.15),
the compressor power supply is used to raise both of the refrigerant pressure and
enthalpy [32]. Moreover, the compressor heat loss is also considered:

mrefhsuc + Pcom - Qloss,com = mrefhdis (915)
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Fig. 9.13 Measured relative error by throttling model method with different correlations. a 8-PI
correlation [28]. b Empirical correlation and linear regression [29]
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Therefore, the cooling/heating capacity under superheated conditions can be
figured out according to the metered outlet/ inlet temperatures of the indoor unit
and the estimated saturated pressure.

Peom — Qloss.
CcC = Myef X (hsuc - hin,id) - Pid = X (hsuc - hin,id) - Pid

hdix - hmc
(9.16)

Pcom - Qloss,com

HC = mref X (hdis - hout,id) + Pid =
hdis - hsuc

X (hdis - hout,id) + Pid
(9.17)

where, h,,.q and hy, ;4 are the specific enthalpy of the indoor unit (condenser in
winter) outlet and indoor unit (evaporator in summer) inlet, kJ/kg. In addition, by
adding the measured compressor power, the COP of RAC can also be calculated.

The calculation parameters were obtained based on the measured data instead
of the fitting curves in the laboratory; hence, its reliability and accuracy have been
improved of the RAC with unidentified parameters and long-term operation. In the
accuracy verification, the CEC method exhibits high precision with a relative error
within 15% [34]. Besides, the advanced method presented in [25, 35] for estimating
the pressure using the evaporation and condensation temperatures appears to be
an appropriate non-intrusive field performance measurement method, with a relative
uncertainty between 5 and 10%. In addition, the test approach and calculation process
for vapor-injected and two-stage compression have also been introduced [36].

@ General compressor set energy conservation (CSEC) method

A VREF system with sub-cooling and injection circuits is schematically depicted
in Fig. 9.15. By altering the four-way valve, the system can run in the cooling or
heating mode. In each mode, the main branch’s refrigerant goes through a heat-pump
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cycle that passes via a compressor, liquid separator, oil separator, four-way valve,
condenser, sub-cooler, and evaporator before returning to the compressor. Liquid oil
is separated, throttled, and delivered to the liquid separator’s inlet in the oil separator.
By manipulating the sub-cooling valve and injection valve, either the sub-cooling
circuit or the injection circuit can be run solely. When the system is in sub-cooling
mode, some of the refrigerant is throttled, heated by the main branch refrigerant, and
then combined with the main branch refrigerant at the liquid separator’s inlet [37].
When in injection mode, the bypass refrigerant is introduced into the compressor
chamber after the sub-cooler [38].

The CSEC approach treated the compressor, oil separator, capillary, liquid sepa-
rator, and related pipes as a compressor set based on the fundamental concept of
energy conservation. Equation 9.18 can be used to represent the CSEC method’s
fundamental principle whether the sub-cooler is operated or not.

Peom — Qloss = mref,2h2 - mref,Zhl (918)

The overall cooling and heating capabilities of the VRF system may be calculated
using Eqs. 9.19 and 9.20, respectively, using the total refrigerant mass flowrate (12,2)
provided by Eq. 9.15.

Q.= mref,Z(hl - h3) - Pfan (919)
On = Myepa(hy — ha) + Pran (9.20)
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Fig. 9.15 Schematic of an air cooled VRF system with sub-cooling and injection circuits
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The mass-conservation and energy-conservation equations for the compressor set
are stated as Eqs. 9.21 and 9.22, respectively, while the injection circuit is operating

[39].

Peom + mref,lhl + mref,6h6 = mref,2h2 + Qioss (921)

Myef1 + Myef,6 = Myef,2 (9.22)

In the cooling mode with the injection circuit operating, the mass-conservation
and energy-conservation equations for the sub-cooler are shown from Eqgs. 9.23 to
9.25, respectively.

Myref.3 = Mrefa + Mrefs (9.23)
Myer3(hs — ha) = myef6(hs — he) (9.24)
Myefn = Myef3, Mref,4 = Myep1, Ny = hs (9.25)

The mass-conservation and energy-conservation equations in the heating mode
with the injection circuit operating are Eqgs. 9.26 and 9.27, respectively, and the
analogous parameters are provided by Eq. 9.28. Furthermore, to reduce the effect
of heat loss on the oil separator, the discharge temperature at compressor export is
replaced by the oil separator’s inlet temperature.

Mref,3 + Myef,5 = Myef,4 (9.26)
Myer3(ha — h3) = Myer6(hs — he) (9.27)
Myef2 = Myef 4, Myef,] = Myef,3, hy = hs (9.28)

® Hybrid compressor energy conservation method

The constant compressor suction vapor quality method was proposed by Goosens
etal. [32] and Huang [35]. The recommended suction vapor quality (the mass fraction
in saturated refrigerant is vapor) are 1.0 and 0.9, respectively, with a relative error
of more than 20%. Besides, Jactard et al. [7] calculate the refrigerant flowrate under
the two-phase suction mode by the constant isentropic efficiency. However, the inac-
curate in the part-load conditions continue to exist. Moreover, the cooling/heating
capacity and COP calculated by different methods exhibit great discrepancy. Since it
is difficult to obtain the reliable measurement results, this issue has yet to be resolved.

Nevertheless, the proposed CEC method encounters problems as the system oper-
ates in the wet compression mode (i.e., two-phase suction condition). When the
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refrigerant in the suction port shows the characteristic of two phases, its thermody-
namic states cannot be specified in terms of the temperature and pressure; thus, the
CEC method is inappropriate at that time [40]. However, due to the condition that wet
compression is common for RACs with capillaries and high-efficiency RACs, which
aim at maintaining the minimal superheating degree at the outlet of the evaporator
[41], a performance test method for the two-phase suction mode must be developed
[42]. The two-phase suction status become more generally during the field opera-
tion of RACs. Through the compressor suction port and evaporating temperature,
Fig. 9.16 illustrates the operation period proportion of two-phase suction to super-
heated suction states depending on different field test results. The results show that
the ratio to total working period exceeds 30% in most cases, indicating that the
all-condition methods should be developed.

Even though CSEC method has high precision in most circumstances, it can be
affected by a number of issues [43]. When the refrigerant at the compressor set
inlet is two-phase, determining the specific enthalpy with the refrigerant tempera-
ture and pressure is difficult. As a result, in this scenario, the capacity of the VRF
system cannot be calculated using the CSEC method. Wet compression can occur in
a VRF system due to liquid refrigerant from the evaporator(s) or sub-coolers. As a
result, in order to test the performance of the CSEC method under various operating
circumstances, a pre-experiment was carried out in an air-enthalpy lab, where the
field performance of a VRF system with three IUs was examined. When the suction
port of the compressor set was in the superheat condition, most results for the 17
cooling cases and 19 heating cases obtained using the CSEC technique had an error
within 20% of the AE method, as illustrated in Fig. 9.17a, b. However, when the
compressor set’s suction port was in the two-phase condition, the relative inaccuracy
was substantially higher (even up to 60% error). To summarize, difficulties with wet
compression, heat losses, and temperature measurement variation must be resolved
in order to increase the accuracy and application of the CSEC method.

120%
o @Heating BECooling
= 100% | _
2
T 80% - -
5
£ 60%
it
7
o 40%
<
=
iy 20%
o o F
2

0% vz [

No.1 No.4 No.5 No.6

Fig. 9.16 Two-phase suction condition proportion based on different field test results
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For different reasons, refrigerant at the suction point of the compressor set in a
VREF system can also exist in a two-phase condition. Thus, the CSEC-CIE and CSEC-
CVE methods are presented and used to the VRF system to cope with the two-phase
suction situation and increase the accuracy of the field measurement method.

Figure 9.18 depicts a flowchart of the CSEC-CIE and CSEC-CVE methods. After
gathering the appropriate input data, the refrigerant suction state is determined based
on the compressor set suction temperature (zy,.) and the evaporation temperature
(teva) computed using the evaporation pressure. If the refrigerant at the compressor
set’s suction port is in superheat state, the CSEC technique is utilized to compute
the refrigerant mass flowrate as well as the cooling and heating capacities. Further-
more, associated parameters from the aforementioned superheat suction case are
gathered and used as the neural network training sample in the isentropic efficiency
model (CSEC-CIE method) or volumetric efficiency model (CSEC-CVE method).
The CSEC-CIE and CSEC-CVE procedures can both be used if the refrigerant at the
compressor set’s suction port is in a two-phase condition. A neural network that has
been trained with superheat suction cases to forecast the isentropic efficiency (7;) for
the CSEC-CIE method. The mass flowrate is then estimated using the CSEC equation
(Eq. 9.1), and the suction enthalpy (hg,.) is derived after that. The previously trained
neural network predicts the volumetric efficiency (1,) for the CSEC-CVE method.
The volumetric model can then be used to determine the refrigerant mass flowrate.
Thus, it is possible to determine the cooling/heating capacity in every situation.

The ratio of the specific enthalpy difference in an isentropic compression process
to that in a real process with the same suction and discharge pressure is known as
the isentropic efficiency and is given by Eq. 9.29.

o hdis,ix - hsuc

= 9.29
G hdis - hsuc ( )
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Fig. 9.18 Basic principle of CSEC-CIE and CSEC-CVE methods [33]

Here, hg;; represents the specific enthalpy of the discharge state of the compressor
(in kJ/kg), hgsis represents the calculated discharge enthalpy based on the isen-
tropic compression progress (in kJ/kg), and kg, represents the specific enthalpy of
compressor suction (in kJ/kg).

In this study, a backpropagation neural network (BPNN) trained on the superheat
suction condition predicts the isentropic efficiency (7;). The compressor frequency
(f com), suction pressure (py,.), discharge pressure (p4is), and compressor input power
make up the BPNN’s input parameters (W,,,). Equation 9.29 is used to determine
the isentropic efficiency under superheated suction circumstances, and the results are
utilized as training data for the BPNN. The isentropic efficiency is predicted using
precisely observed input parameters under two-phase suction circumstances.

The ratio of the actual suction volume to the ideal suction volume is referred to as
the volumetric efficiency of the compressor. The volumetric efficiency through may
be used to determine the refrigerant mass flowrate by Eq. 9.30.

mref = /Oref Ny Vd fcam (930)

Here, (1, V) represents the actual suction volume of the compressor (in m?/r), and
Prer TEpresents the density of the suction refrigerant (in kg/m?).

The volumetric efficiency (,) is predicted by a BPNN using the same input
parameters as the CSEC-CIE approach, which is similar to it. The superheat suction
condition provides the training dataset for the BPNN.

According to the literature previously provide, an effective method for measuring
the performance of the RACs on-site under all conditions is lacking, especially in
two-phase suction modes. Therefore, an all-condition method, which is adaptive for
both two-phase suction and superheated suction conditions, should be built up. One
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potential is to use the self-learning compressor efficiency (CE) parameters (i.e., the
isentropic efficiency, the compressor volumetric efficiency) to calculate the refrig-
erant parameter of suction state, defined as the CEC-CE method in the following
sections. Self-learning systems have been extensively used in various industries,
since it can create a mathematical model based on sample data for prediction or
decision-making without explicit programming.

Accordingly, the all-condition method has been proposed combining the self-
learning of refrigerant suction state or the mass flow of refrigerant. When the temper-
ature difference in suction and evaporation is lower than the accuracy of temperature
probe 7, the RAC is considered to operate under two-phase suction conditions:

Tyue — tevup <h (931)

The CEC-CIE method proceeds in the following steps: (1) the suction state is
categorized into superheated and two-phase suction conditions according to the
measured data. (2) When the compressor works in superheated suction conditions,
the suction enthalpy could be directly assessed; in this case, the isentropic efficiency
is determined. (3) The back-propagation neural network (BPNN, or related numerical
models) of the isentropic efficiency is settled based on the data isentropic efficiency
in superheated suction conditions. (4) When the compressor works in two-phase
suction conditions, the isentropic efficiency is calculated on the basis of trained
BPNN model. (5) The suction state parameters (including the suction enthalpy) are
extracted in accordance with the isentropic efficiency generated from BPNN model.
(6) The field performance was calculated by the CEC method under superheated
and two-phase suction conditions according to the calculated suction enthalpy and
relevant parameters.

The CEC-CVE method based on CEC and the self-learning CVE methods are
the alternative for measuring the field performance of RAC. Actually, the CVE
method is complemented through the variable CVE and self-learning results of super-
heated suction conditions. In caparison of conventional CVE method affected by
the compressor wear and deterioration, the calculation of volumetric efficiency by
self-learning CVE method is rely on the field test results and independent of labo-
ratory empirical model. The core procedures of the CEC-CVE method are shown
in the following steps: (1) the state of suction port is determined by the measured
data. (2) When the compressor works in the superheated suction conditions, the
suction enthalpy and isentropic efficiency are settled; in addition, the actual refrig-
erant suction volume could be calculated. (3) The BPNN model of the suction volume
and isentropic efficiency are established with the data of superheated suction condi-
tions. (4) The BPNN model is trained considering the revision of the appropriate
curves under two-phase suction conditions. (5) The parameters of suction state (i.e.,
refrigerant density, suction enthalpy, and suction volume) is achieved based on the
predicted isentropic and volumetric efficiency from BPNN. (6) The field performance
is obtained by the CEC method based on the predicted suction enthalpy under super-
heated suction conditions; furthermore, according to the predicted suction state and
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volumetric efficiency, the field cooling/heating capacity is determined by the CVE
method in two-phase suction conditions.

The proposed CEC-CIE and CEC-CVE method solve the problems with inac-
curate computations under two-phase suction conditions (Fig. 9.19). The detailed
calculation process are illustrated in the introduction of field test of all-condition
method of VRF system below. Besides, in order to compare and verify the accu-
racy of the proposed methods, an experiment validation is carried out. The accuracy
calibration of the psychometric calorimeter experiments denotes that the relative

deviations of the calculated capacity of the proposed both methods are within +
15%.
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Three VRF system configurations were examined in a lab to ensure the precision
of the CSEC-CIE and CSEC-CVE methods. According to the overall rated cooling
capacity, one or two OUs were linked to corresponding IUs for each of the three
VREF configurations used in the studies. The three OUs had rated cooling capacities
of 18, 56, and 45 kW. For Configuration 1, OU-1 was associated with three IUs, and a
5-m-long refrigerant pipe was installed outside. A 30-m-long refrigerant pipe linked
OU-2 in Configuration-2 to eight IUs. In Configuration-3, a 30-m-long refrigerant
pipe connects OU-1 and OU-2 to seven IUs. The experimental VRF system was put to
the test in cooling and heating modes for each configuration under five scenarios with
varying external dry bulb temperatures. Additionally, there were several compressor
frequencies and operational IU counts in the experimental setup. There were 125
experiment instances in all that were investigated.

The experimental accuracies of the CSEC-CIE and CSEC-CVE methods in
various instances compared to the AE method are shown in Table 9.1. For the
VREF system with a single OU (Configuration-1 and Configuration-2) in the studies,
the error percentage of the CSEC-CIE method was between 17 and 21%. The
error percentage ranged within 16% in circumstances when the CSEC-CVE method
was used. The error percentage for the CSEC-CIE and CSEC-CVE methods were,
respectively, 19 and 17% for the VRF system with two OUs.

Figure 9.20 presents the distribution of the relative error for both methods. As
shown, the relative error of the CSEC-CVE method tended to be smaller than that
of the CSEC-CIE method. Because of its smaller uncertainty (as mentioned in
Sect. 9.3.2) and higher accuracy in the experiments, the CSEC-CVE method is more
accurate and suitable for real projects involving VRF performance measurement.

The relative error distribution for both approaches is shown in Fig. 9.20. As can
be seen, the CSEC-CVE method’s relative error tended to be lower than the CSEC-
CIE method’s. The CSEC-CVE approach is more accurate and appropriate for real
projects involving VRF performance measurement because of its lower uncertainty
and better accuracy in the tests.

Table 9.1 Experimental conditions [33]

Method Experimental Experimental accuracy
VRF

Cooling Heating

Superheat Two-phase Superheat Two-phase
suction (%) | suction (%) | suction (%) | suction (%)

CSEC-CIE Configuration-1 + 14 +9 + 15 + 14
Configuration-2 + 16 + 13 + 10 + 17
Configuration-3 + 14 + 14 + 13 + 18

CSEC-CVE | Configuration-1 + 14 +9 + 15 +13
Configuration-2 +16 +13 +10 + 14

Configuration-3 + 14 + 14 + 13 + 16
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(1) Device

Field performance test equipment was well-studied and developed. And the following
main components are involved: (1) refrigerant temperature probes; (2) indoor/outdoor
temperature and humidity sensors; (3) unit and compressor power meters; (4)
compressor frequency meter; and (5) media of data storage and transportation. The
completed test device design is shown in Fig. 9.21. The indoor test unit and outdoor
test unit (host/slave) were sketched to measure the IU and outdoor unit (OU) param-
eters, respectively. The data collected by the slave was transmitted to the host via
wireless communications. The test device was formed with the different sensors and

control modules, as shown in Fig. 9.22.
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9.2.4 Comparison of Field Measurement Methods

Table 9.2 summarizes the accuracy of the calculated results, reliability of the long-
term test, simplicity of the measurement method, the economy of the testing equip-
ment, and independence of manufactures, and interference to users of different field
test methods.

As for the accuracy of the test method, it is defined as the difference between the
true value and the test results; considering the status of refrigerant in the suction port
of compressor, it is divided as “two-phase” condition and “superheated” condition.
Long-term reliability is concerned with the accuracy and effectiveness of long-term
evaluation. In some kinds of field test methods, due to performance degradation
and unit aging, some factors may affect the performance of the related formula
for calculation. Simplicity requires the methods and conditions of being easy to
understand or do, which affect the commercialization and promotion directly. It will
be widely recognized with more convenient operation and simpler instruments. The
economy is another factor that influences commercialization and promotion since
the low-cost test method benefits large production. Independence means that the
unit performance can be obtained without relying on other parameters, especially
the data provided by the manufacturer. The accuracy of the test results data will be
questioned, as the manufacturer was asked to provide the data. Interference refers to
the influence of the proposed method on users and unit operation.

The water temperature difference method is the most common method for its
simplicity, economy, independence, and non-interference to both users and units.
However, considering the limited temperature difference between the inlet and outlet
side of the heat exchanger, it is difficult to guarantee the accuracy of the water
temperature difference method.

The indoor air hood method will affect the normal operation of the VRF unit
since the air hood disturbed the airflow distribution of the supply air. Therefore, it
is only suitable for the condition in short test duration without users inside, i.e. the
system detection, the system transformation. It exhibits the highest accuracy since it
is consistent with the test method in the psychrometric calorimeter chamber. For the
indoor air sampling method, it is more convenient for its simplicity and economy;
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however, considering the dynamic change of airflow, it exhibits low accuracy in the
field test.

In order to avoid interference to the users, the outdoor air enthalpy differ-
ence method was proposed. Similarly, the outdoor air hood method also shows high
accuracy for its uniform airflow and temperature field. Nevertheless, the installation
of an air hood is difficult, which will affect the normal operation of VRFs (e.g. the air
shortcut between outdoor units). In contrast to the air hood method, the multi-point
and static air sampling methods show poor accuracy, especially in heating conditions
(both heat and mass transfer exist, and the heat transfer in defrost progress); besides,
the airflow is more inhomogeneous compared with the indoor unit. The dynamic
sampling method exhibits better test accuracy in the measurement of airflow, while
the test equipment is much complicated and expensive (it also be necessary to design
individually). In the air enthalpy difference method, the accuracy and simplicity/
long-term reliability was often contradictory.

In the refrigerant enthalpy difference, the refrigerant flow meter method shows the
high-precision for its accurate measurements in the refrigerant flow. However, it is
only feasible in the laboratory, and it is almost impossible for cutting the refrigerant
pipe and high cost for the equipment in-situ. The compressor performance curve
method, the compressor volumetric efficiency method, and the throttling model are
much simple since only temperature and pressure parameters are required. However,
in this condition, the accuracy of the proposed system relies on the experimental
curve test by the manufacturer, which shows poor independence to the manufactory.
Considering the wear and tear of the compressor, the experimental formula becomes
unreliable, which shows low accuracy in the long-term field test. The compressor
conservation method exhibits good adaptability in long-term field tests since it is not
affected by the data provided by the manufactory. Thus, since the suction condition
(in two-phase condition) is invalid for direct measurement, it only suitable for super-
heated conditions. Therefore, the CEC-CVE method and CEC-CIE method were
proposed. It shows good accuracy in both superheated and two-phase conditions,
and it applies for long-term field tests; however, the calculation process becomes
more complex.

It is challenging to precisely determine the cooling/heating capacity using the
listed AE methods. The CVE and compressor performance curve method’s appli-
cability for the refrigerant enthalpy difference method is constrained by the varied
structural characteristics of the various VRFs. Furthermore, with an unknown VRE,
the above calculation is not practical. Since cutting the refrigerant tubing during field
tests is undesirable, the refrigerant flowmeter approach cannot be used. Particularly
when operating for a long time and with unknown conditions, the CEC approach
demonstrates great dependability and precision. Consequently, the development of it
is limited by the low precision under moist compression circumstances. Combining
the CEC approach, which calculates the refrigerant flowrate concurrently in the
superheated and two-phase suction modes, allows for accurate measurement in the
two-phase suction mode.
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9.3 Field Performance Test and Evaluation of VRF
(of On-Field Performance Measurement Methods)

9.3.1 Measurement and Tracking to Actual Performance

Many researchers performed field tests using the field measurement method to inves-
tigate the actual performance of the VRF system. To sum up the field operation char-
acteristics of VREF, this chapter presents actual test results for VRF in the aspects of
operation schedule and conditions, actual load ratio, and operation management and
control.

(1) Operation schedule and conditions characteristic

In order to investigate the operation management and control level of the RACs
and VREFs, field tests were carried out. Operation characteristics and indoor/outdoor
temperature distribution are well concerned. Jiang tested 12 residence with different
house types and income levels in Chongqing, and the working schedules are divided
into two main types: office workers and non-office workers. Among the group
of office workers, those who work from 9 to 6 and on weekdays, i.e. corporate
employees, government staff, etc., are regarded as the regular employee. And the
non-routine workers, i.e., individual merchants, salespeople, decoration workers,
and factory employees get off work early or late, and their rest days are not fixed.
The test results are summarized in Fig. 9.23 [44].

This test only reflects the working hours of the air conditioner. In order to reflect
the performance characters related to ambient temperature, the outdoor-temperature-
associated operating ratio (TOR) and hour-associated operating ratio (HOR) were
proposed by Tanaka et al. [45] and Okamoto et al. [46], as actual RAC usage was
monitored for 100 families over a year, as shown in Fig. 9.24. TOR was defined as the
ratio of total operating time to the generation time for bin ambient temperature; and
HOR was defined as the per hour operating time ratio. As for the TOR the average
curve begins to rise from around 17 °C in winter to around 20 °C in summer, which
is different from the standards (i.e. in JIS C9612 16 °C for heating, and 23 °C for
cooling). It is found that the rising tendency is almost monotonous with respect to
the change of the outside air temperature. Besides, although TOR is very high in the
temperature range subzero and above 35 °C, the bin hours are very low. Therefore,
the contribution to APF for extreme conditions is quite low.

As for HOR, the similar trend appears with two peaks in the morning and at night
in winter, which were estimated as the breakfast and dinner time occupancy rate. In
winter, it requires heating for cold all day, but the occupancy rate is low during the
day time. By contrast, the peak in the morning disappeared in summer, since it is
cool and does not need RAC in the morning.

Therefore, it is concluded that the operating time was about 3-5 h in both winter
and summer, which was significantly different from the 18 h assumed by JIS standards
[47]. Moreover, TOR has high reproducibility of the operating time for each outside
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Fig. 9.23 Test and summary of working schedule. a Example of the test air conditioner working
schedule. b Working schedule of different types of residence

air temperature, so it is reliable enough to be used when calculating the period
performance and APF.

There are also some test results reflecting the HOR in China. Yang et al. [48]
tested a residential family installed with RACs in Chongqing, as shown in Fig. 9.25.
A constant frequency and an inverter RAC were installed in the bedroom, and living
room, respectively.

The periods of operation of the RACs in the living room and bedroom are analyzed
in Fig. 9.26, and the shade of color represents the HOR. It is concluded that the RAC
was in operation from 12:00 to 14:00 and from 18:00 to 23:00 in the living room, and
there was no significant difference in daily periods of operation whether the RAC
was being used to heat or cool the room. The figures also show that the HOR was
generally in the range of 0.6-1.0, indicating that the RAC operated intermittently. As
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for the inverter RAC in the bedroom, it was turned on at times ranging from 14:00
to 18:00 and from 22:00 to 10:00 (next day) in summer, and the HOR was close to 1
during most of the hours of operation. Since RAC was not the main source of heating
in the bedroom and the total hours of operation were less than 70 h during the whole
heating season.

Since the RAC was used as the solution for space heating and cooling and was
usually available in both the bedrooms and living rooms, the individual periods of
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Fig. 9.26 Working schedule in residence. a Cooling condition for living room. b Heating condition
for living room. ¢ Cooling condition for bedroom. d Heating condition for bedroom
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Fig. 9.27 Period of operation for RAC

operation were completely different. Accordingly, the RAC operated continuously
throughout the day when all of the RACs in the household are consolidated. On one
hand, the periods of operation reflect the characteristics of part-time-part-space; on
the other hand, the operation of RAC realizes the transaction both on time and space
(Fig. 9.27).

Besides, the HOR and frequency distribution also reflect the field performance of
RAC. Figure 9.28a, b show that the HOR was evenly distributed in cooling season
the HOR with less than 0.55 h/h, which indicates that the RAC satisfied the demand
for cooling by on/off control. In contrast, in heating mode, the HOR was generally
more than 0.55 h/h, indicating higher demand when the RAC was used for heating.
Due to the control strategies for the inverter RACs, the RAC operates continuously,
based on Fig. 9.28c. Compared with the constant frequency RAC, the inverter RAC
adjusted its cooling/heating capacity to meet the demand by changing the refrigerant
mass flow. The high-frequency period of operation when the compressor frequency
was higher than 50 Hz lasted for more than 50% of the total running period.

Besides, the climate characteristics also influenced the working schedule of the
air-conditioning system. Chongqing (Yangtze River region in China) and Shin’etsu,
West Kanto, and East Kanto (Chiibu region in Japan) belong to subtropical monsoon
climate (or humid subtropical climate), which is also known as warm temperate
climate. In other climates, there are also some different characteristics. In tropical
climates, for instance, residence in Malaysia [49] use the air conditioner for 7-9 h per
day at most, and this leads to a lower indoor temperature. And the results indicated
that Malaysian residents tend to use the air conditioner during sleeping hours, which
is quite different from the temperate climate [50].

Indoor and outdoor temperature distribution were also concerned when investi-
gating the field performance of RAC. Through the test by TANAKA in Japan (with
100 residences, Fig. 9.29) [45] and the cloud platform of air conditioning internet
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(89,000 air conditioners) [51] in the Yangtze River region in China, the operating
hours under different ambient temperatures in the cooling season were obtained (the
inlet temperature of the outdoor unit was tested). It is exhibited that the actual bin
hours of operation are quite different in-situ. There were a large number of bin hours
that ambient temperature was higher than 35 °C. Therefore, it is estimated that the
installation platform of the outdoor unit directly affects the inlet air parameters.
The unreasonable inlet temperatures and air volume reduction of the outdoor unit
[52] occurred for the air shortcut and air resistance. The unreasonable rises of inlet
temperature in cooling season will affect the energy performance of VRF system.

Indoor temperature also influences the performance of the VRF system, including
set-point temperature, indoor average temperature and return air temperature.
Figure 9.30 shows the set-point temperature investigation in Japan for cooling and
heating season, and the medians were 24 and 28 °C, respectively.

As for the indoor temperature, most of the field tests installed indoor temperature
sensors on the return air outlet. Therefore, the test return air temperature was both
in the range of 26-28 °C in the cooling season and heating season (based on the
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test of cloud platform if air conditioning Internet and field test in Changsha), as
shown in Fig. 9.31. Nevertheless, the return air temperature in the heating season
is much higher than the suggested set-point temperature (20 °C), which is mainly
caused by the temperature difference between the occupied zone and the returning air
for the hot air buoyancy. The field performance was, therefore, less efficient for the
higher condensing temperature, and the compressor had to work at a relatively higher
frequency. It seems inevitable for the current installation method of wall-mounted
RAC.

In addition, the operational and indoor/outdoor temperature characteristics also
benefit to determining the typical usage patterns of VRF in residential buildings [53].
It was related to both environmental and event triggers, with some random effects.
The investigation of indoor and outdoor temperature provides some statistical char-
acteristics such as the probability of turning the VRF on when occupied increasing
as the indoor temperature increases and the probability of turning off when leaving
the room increasing as the expected time away becomes longer.
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Fig. 9.30 Temperature settings in cooling and heating season in Japan [46]

(2) Actual load ratio characteristic

As a vital parameter in VRF operation, actual load ratio has an important influence
on the energy efficiency of the system. Research on field test indicates that the actual
operating conditions and performance of VRFs could be quite different, and some
VREF systems may operate at a low load ratio and energy efficiency.

Zhang et al. [39] measured the cooling capacities of the 6 VRF system in the
building in Hefei, China. During the 90-day measurement period, the average daily
cooling capacity of 6 VRF systems distributes within 1.4-6.6 MJ/(d m?). Among
the 6 VRFs, S5 VRF shows the largest daily average cooling capacity because it
has been operated for 702 h during the measurement period, as shown in Fig. 9.32.
Besides, the cumulative operation time of S2 VRF with the smallest daily average
cooling capacity is about 164 h. In addition, the hourly average cooling capacity of
S1 and S5 VRF is higher than the corresponding rated capacity, indicating that the
actual load of the rooms of the two systems could be higher than the designed load.

Figure 9.33 shows the statistical results of operation hours of the 6 VRFs at
different part load ratio during testing period., and the part load ratio of the 6 VRFs
show different distribution patterns. In the field test, the time periods when part load
ratio of S1, S4 and S5 VREF is higher than 0.8 accounted for about 86%, 74% and
94%, respectively. Besides, the part load rate of S3 VRF concentrates in the range
of 0.4-0.8, which accounts for about 87% of the total operation hours. For S2 and
S6 VRE, the system operates at a relatively wide range of part load ratio. Thus, the
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different distribution pattern of operation hours on part load ratio indicates that the
actual operation conditions and performance of VRFs could be quite different.
Nishioka [54] investigated the performance of a gas-driven VRF. Figure 9.34
shows the relationship between field energy efficiency and load ratio in different
outside air temperature conditions (22—24 and 34-36 °C) in cooling season where the
power consumption of indoor unit is not included. The maximum value of the energy
efficiency decreases as the outside air temperature rises, and the maximum value is
about 1.5 in the condition where outside air temperature ranges from 22 to 24 °C.
Besides, the efficiency reaches the maximum value when load ratio is around 0.3—
0.5, though it varies slightly depending on the outside air temperature. During the
operation period, the number of operated indoor units increases as the outside air
temperature rises, which lead to a higher load ratio and energy efficiency. However, in
the conditions where outside air temperature is relatively low, intermittent operation
occurs which leads to a much lower load ratio and the efficiency deteriorates. These
cases may occur in much air-conditioning equipment. According to the investigation
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by NISHIOKA [54], the average air-conditioning load ratio during cooling season
in filed operation cases was only about 25.8%. Thus, proper designing/sizing and
developing equipment of which the efficiency at a low load ratio is improved should
be emphasized.

Lin et al. [55] experimentally investigated the filed performance of a multi-
functional VRF system operated in heat recovery mode with a water heating system.
The tested VRF system was installed in an office building, and field performance
was measured by RE method. Figure 9.35a, b show the variation of the HPF (heating
performance factor) and PLR with the ambient temperature, respectively. According
to Fig. 9.35, the performance of the system under heating-only mode (Case 4) was
similar to that under the heating with only IU7 in cooling mode (Case 1) because of
the small rated cooling capacity of IU7. In these cases, energy efficiency is relatively
low due to the low PLR. However, in Case 3 when [U4 and U5 were operated in
the cooling mode at the temperature of O °C, PLR increased from 0.3 to 0.45 and
corresponding HPF increased by 17%. The reason why PLR increase significantly
in Case 3 is that the internal cooling load of IU4 and IUS5 were much higher, and
these two IUs operated in standby mode in Case 1 and Case 4.

(3) Operation management and control characteristic

Operation management and control play a critical role in the actual performance for
VRE. In the real project, the VRF installed in buildings usually does not require a
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Fig. 9.33 Part load ratio and operation hours of the 6 VRFs [39]

special equipment room. Relevant technical personnel is responsible for the manage-
ment and operation of VRF’s daily operation and equipment maintenance. For the
operation management of indoor units for VRF, two control patterns are usually
adopted in the present VRF projects. The former one controls the operation of
all indoor units by property personnel and is named centralized management. The
latter one, which is named decentralized management, controls operation status and
parameters of indoor units by occupants flexibly.

The operating state of a VRF with a centralized management pattern is shown in
Fig. 9.36. Except for 6 defrosting operation processes, the system has been in the
frequent start-stop state of “heating-standby-start”. The system frequently started
and stopped, and refrigerants of different pressure mixed with each other, resulting
in decrease in system energy efficiency. Compared with the continuous control mode,
when the on—off control is used, mutual influence between the indoor units is greater.
When the state of an IU is switched on/off, the change in the state of the system
refrigerant will be greater, which may have an impact on system stability and result
in a serious decrease in energy efficiency. Therefore, for the VRFs installed in the
building and adopt the on—off control method, related standards should recommend
to adopt a decentralized management pattern to try to make the IUs start and stop
staggered to ensure the stable operation of the system. For the new VRFs, related
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Fig. 9.34 Field energy efficiency and load ratio during a typical cooling day [54]. aOutside tempera-
ture: 22—24 °C outside temperature: 25-27 °C. bOutside temperature: 28-30 °C outside temperature:
31-33 °C. cOutside temperature: 34-36 °C

standards should recommend IUs to adopt the continuous control method to ensure
the stability of the system while improving the energy efficiency of the system.
Figure 9.37 presents the average daily operating hours of each indoor unit and
the operation days in heating season of a VRF system adopting a decentralized
management pattern. The average daily operating hours from IU- to IU-3 is about
4 h, while is from 16 to 21 h for the other five IUs. The IU-9 in the duty office almost
operates all day. In addition, during the 140-day heating season, all indoor units have
operated for more than 100 days. When the decentralized management of indoor
units is adopted, many indoor units are irrationally turned on for a long time, which
leads to the problem of excessive energy consumption of multi-on-line systems.
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Fig. 9.36 Operating state of a VRF with centralized managemant pattern [39]

Therefore, it is recommended that users turn off the indoor units in rooms without
heating demand during overtime. Thus, it is advocated to save energy by improving
occupants’ behavior and avoiding unreasonable energy use in related standards for
VRFE

Nishioka [54] investigated the field performance of a GHP operated in normal
mode and energy-saving mode. The test result is shown in Fig. 9.38, where energy
efficiency, load ratio, and the number of operated indoor units during a typical cooling
day are presented. Besides, return air temperature, preset room temperature, and open
degree of expansion valve in a typical room of the VRF are presented in Fig. 9.39.

In normal mode (Fig. 9.39), the indoor units were controlled according to return
air temperature and preset room temperature. When return air temperature is higher
than preset room temperature, indoor unit was operated. While in energy saving
mode, cooling/heating capacity of indoor unit was reduced when the values of the
two temperature values get close. As a result, return air temperature in normal mode
fluctuated more frequently compared with energy-saving mode, and the open degree
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of expansion valve in energy-saving mode tends to be more stable. This frequent on—
off operation situation of indoor units led to a frequent on—off operation of outdoor
unit, and accounts for a lower energy efficiency in normal mode.

9.3.2 Field Performance Test Standard

Standardization is an important way to promote the development of industry tech-
nology, and it also marks the maturity of the technology. International standards
for the performance testing of air-conditioning/ heat pump unit (mainly refers to
VRF and RAC) mainly concentrates on the operating performance in the laboratory,
but there are also corresponding specifications for the measurement of the on-site
operating performance of those units.

(1) Requirement in field performance test

At present, the field performance test was attracted by different users and occupants.
Some standards require testing the performance of the unit in-situ. Since those stan-
dards are not dedicated to the field test, the technical schemes are not illustrated in
detail.
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Most of the standards determined the measurement requirements for water loop
air conditioning units (air—water heat pump; or water—air heat pump). For example,
ASHRAE 111-2008 (2017 Edition) [56] (Measurement, Testing, Adjusting, and
Balancing of Building HVAC Systems) specifies the measurement method of cooling
capacity of chillers. However, for the air-air unit, it only considered the outlet
airspeed, air inlet, and outlet temperature and humidity; by contrast, the cooling
capacity and energy efficiency ratio are not considered. Since Field performance
testing of the chiller cannot be defined like factory chiller testing since the test envi-
ronment is not controlled, ASHRAE 184 [57], first published in 2016, regulated the
field performance test method of air source water chiller and related unit with a net
refrigeration capacity larger than 35 kW.

As the air-cooled unit, the report of COMMISSION REGULATION (EU)
206/2012 Room air conditioning appliances, local air coolers and comfort fans
concerned in-situ performance measurement [58]. However, it indicated that the air
enthalpy difference method and indirect measurement method (an electric heater
heats the room and the air conditioner must stabilize the room temperature and the
cooling capacity matches the heater energy and room losses, this is used for all air
conditioners in scope) are almost impossible in the field test [59]. Therefore, the
compressor performance curve method and compressor conversation method are
recommended.

In the regulation produced by Architectural Services Department of the Hong
Kong Special Administrative Region [60], it required that the air-conditioning system
(including the central air system and split air system) should be tested by air
enthalpy difference method in a short time, and the unit should keep full loads in the
steady state.

Except for testing the performance in-situ, the simulated dynamic load in the
experimental chamber test also provided a simple way to evaluate the unit perfor-
mance in field. Canada recently adopted CSA EXP07 [61], which includes dynamic
load testing for inverter driven air conditioners and heat pumps. To simulate the load
in the indoor room, EXPO7 uses a dynamic updating model that calculates tempera-
ture conditions in the indoor room, based the capacity of the equipment under test in
real-time. The lab control software updates the indoor room conditions based on the
difference between the load and the capacity measurement, rather than by holding a
fixed indoor condition throughout each test. The indoor unit is required to install as
close as possible to a real-life installation in a house. Besides, there is also a current
proposal to include dynamic testing in EN 14825 [62], which is the European standard
governing testing and rating of air conditioners and heat pumps at part load condi-
tions. Dynamic load testing allows the units to operate in a manner closer to a field
installation, thereby yielding efficiencies more representative of actual operation.

(2) Specification for measurement method

As for the specification of field test method, there are some independent standards or
regulations concerning the specification for measurement method of VRF and RAC.

As for the water-cooled VRFs, the test method (Instrument accuracy and test
process) was normally kept consistent with the laboratory method, including
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ASHRAE Guide 22 [63] and AHRI 550/590 [64]. Generally, the heat balance test for
the water-cooled system is required for verification of the accuracy of instrumentation
[65].

For the air-air unit, Finnish standards NT VVS 115 [66] and NT VVS 116 [67]
specify the working conditions and measurement methods for on-site performance
measurement of air-air units, including the measurement of the compressor suction
and exhaust temperature and pressure, condenser outlet temperature and compressor
power. The cooling capacity could be obtained by CEC method.

To promote the CEC method, the standard T/CAS 305-2018 “Specification
for measurement of on-site performance parameters of air conditioner” [68] was
proposed firstly in mainland China, including calculation formula, installation posi-
tion, and accuracy calibration of measuring device. In this method, APF index
reflecting the seasonal performance of unit specified in the energy efficiency stan-
dards (e.g. GB 21455-2013 [69]) are used to evaluate the accuracy of the measure-
ment device, as shown in Table 9.3. Through the measurement under the different
working conditions, the tested APF of measuring devices was compared with the
results of the psychometric caloric laboratory APFpmE, and the relative error of the
two measurement results dippg is adopted as the evaluation index of accuracy.

|APFrpye — AP F|
§ = 100%
IPME APFys X (4

Based on the survey results of the existing measurement methods, considering
the economy, applicability and accuracy requirements of the measurement device
comprehensively, the accuracy of the measurement device is classified according
to the size of §;ppE, Which is divided into three levels. APF with a relative error
of less than 10% can be regarded as a high-precision field performance measuring
device, while a measuring device with a relative error of more than 25% is regarded
as unqualified, as shown in Table 9.4.

(3) Application in field test method

In recent years, VRF systems have been widely used with increasing demands in the
market. Therefore, with the increase of the service life of VRF systems, the perfor-
mance of the system has decreased, and the power consumption also rises. Mean-
while, the failure rate has increased and the maintenance cycle has been prolonged
with the unstable operation. Meanwhile, the configuration of the VRF system might
be insufficient due to the replacement of building users, the change of internal func-
tional areas, and the increase of pedestrian density. Therefore, the replacement and
retrofitting of the old VRF system should be considered in the standard. In China, the
standard T/CECS “Technical specification for the retrofitting of multi-connected
split air condition system” [70] and standard for T/CECS 846-2021 “Performance
testing of heating and air-conditioning system in hot summer and cold winter
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Table 9.3 Accuracy calibration conditions of measuring device
Item Calibration condition Test item Necessity
Indoor side Outdoor side
DBT | WBT |DBT |WBT
Cooling | Nominal cooling |27 19 35 24 Nominal cooling ¢)
Half cooling (e}
25% cooling olA
Low temperature |27 19 29 - Low temperature @)
cooling
Low humidity 27 <16 |29 - Low humidity A
cooling
Intermittent 27 <16 |29 - Intermittent cooling | A
cooling
Maximum 32 23 43 26 Maximum cooling | A
cooling
Extreme 32 23 48 - Extreme high-temp | A
high-temperature
Heating | Nominal heating | 20 - 7 6 Nominal heating @)
Half heating ¢)
25% heating o/A
Intermittent Intermittent heating | A
heating
Low-temperature |20 <15 |2 1 Low temperature e}
heating
Extreme 20 <15 |-7 |-8 Extreme low-temp | O
low-temperature

Note O represent the necessary item, and A represent the selected item

Table 9.4 Accuracy level of field performance measuring device

Index

Level 1

Level 2

Level 3

S1PME

Sipme < 10%

10% < S1pme < 15%

15% < Sypme < 25%

zone” [71] published by the China Association for Engineering Construction Stan-
dardization aims to determine the method and regulations of VRF renewal and
retrofitting.

In this standard, four classes were determined when considered renewal and
retrofitting, including air condition system function class, security class, environ-
ment class, and energy efficiency class. Five parameters were mainly focused on in
the energy efficiency class, including ambient temperature, indoor temperature and
humidity, the supply air volume of the indoor unit, power consumption, and energy
efficiency ratio of the existing VRF. Therefore, when the indoor ambient temperature
cannot meet the actual use requirements, the air supply volume of the indoor unit



216 W. Shi et al.

does not meet the use requirements, which will directly affect the cooling (heating)
effect, and corresponding maintenance or transformation and replacement shall be
carried out. Among them, the power consumption and energy efficiency ratio of the
existing VRF system is an important basis for judging whether to renewal and retrofit
or not. Both field test of power consumption and energy efficiency ratio was selected
as the index reflecting the performance of the VRF system.

There are three levels for renewal and retrofitting considering power consumption:
(1) When the power consumption of the air conditioning system increases by 10%,
the system transformation should be carried out according to the diagnosis results
of the air conditioning system, excluding the possibility of debugging and repair;
(2) When the power consumption of the air conditioning system increases by 15%,
the system transformation should be carried out according to the diagnosis results
of the air conditioning system, excluding the replacement of a small amount of
equipment with high energy consumption; (3) When the power consumption of the
air conditioning system increases by 30%, the system transformation shall be carried
out according to the diagnosis results of the air conditioning system.

Besides, there are also some indexes considering energy efficiency. When the
actual rated cooling energy efficiency ratio of the existing VRF system is less than
70% of the performance coefficient under nominal working conditions, the corre-
sponding transformation or replacement shall be carried out. For the field test of the
VREF system, the indoor air enthalpy difference method was recommended to adopt
for the cooling (heating) capacity of the air-source VRF system. When indoor test
conditions are not available, the outdoor air enthalpy difference method or refrigerant
enthalpy difference method was used. If the refrigerant enthalpy difference method
is adopted, it can be tested and calculated according to the method specified in
Sect. 9.2.3. Besides, the waterside heat metering method is also recommended as the
measurement of the cooling (heating) capacity of the water source multi-connected
air conditioning system.

Therefore, through the standard for retrofitting VRF systems, the field test methods
and related principles are determined, which is contributed to the promotion of high-
efficiency VRF systems in energy-saving transformation projects.

9.4 Summary and Prospect

With the goal of energy saving and low carbon emissions, building energy manage-
ment has raised great attention. As a kind of convenient air-conditioning equipment
for space cooling and heating, VRF system is widely used all over the world. To
investigate the field performance of VRF, many researchers concentrate on three
measurement methodologies, including water temperature difference method, air
enthalpy difference (AE) method, and refrigerant enthalpy difference (RE) method.
For water cooled VRF, water temperature difference method can be applied; While
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for air-to-air VRF, only AE method and RE method are accessible in the field perfor-
mance test. Generally, compared with the AE method, the RE method is more suitable
for long-term measurement.

Actual performance of VRF system was investigated by applying different field
performance measurement methods in real buildings. Throughout the measurement
and tracking of VRF installed in real office buildings and residential buildings,
actual operation characteristics of VRF including operation schedule and condi-
tions characteristics, actual load ratio characteristics, and operation management
and control characteristics were analyzed. In addition, field performance measure-
ment methods were applied in related standards, providing feasible approaches and
important indexes for performance testing, evaluation, and system retrofitting.

Further promising research directions on field performance of VRF may include
the following five points. First, it is necessary to put more effort on measurement
accuracy improvement to all types of VRFs in different operation conditions. For
heat recovery VREF, current studies rarely involve field performance measurement
methods in heat recovery mode. Besides, measurement accuracy for VRF field
performance in two-phase suction conditions and dynamic conditions remains to
be improved in further studies. In addition, with the demand of individual energy
management and individual billing for different terminals and occupants based on
cooling/heating capacity, performance metering technology for the individual indoor
unit should be further studied. Second, the field performance data provide basic data
for related studies on energy policies as well as standards. Through the actual perfor-
mance of VRE, efficient energy used approaches were investigated, which promotes
the construction and development of energy policies and standards. Third, energy
-efficient system design method for VRF based on actual performance remains to
be studied. According to the measurement and tracking of actual performance of
VREF, problems that decrease field energy efficiency can be discovered. Thus, it
is of great significance to improve actual efficiency by optimizing system design
and sizing methods. Forth, further researches on system control, commissioning,
and management benefit from actual operation data. Better system control and
management strategies that improve actual performance can be investigated. Besides,
more economical cooling/heating solutions can be provided to occupants. Fifth,
field performance test helps figure out the actual cooling/heating demand of occu-
pants, which promotes the development of “demand-side response” energy supply
conformation and proper consumption of renewable energy in the future.
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Variable Refrigerant Flow (VRF) System | ¢
Field Test and Data Analysis

Methodologies

Hanlong Wan, Yunho Hwang, and Reinhard Radermacher

10.1 Introduction

Experimental evaluation of VRF systems includes laboratory tests and field tests.
Field testing is an efficient way to figure out the performance of VRF systems.
Although VRF systems showed high COP in the laboratory, the COP measured
on-site was mentioned to be as low as 1.74 [1]. Thus, studying the VRF system’s
field test performance and identifying the cause of the difference is significant. This
chapter first reviews VRF system field test studies, including the model validation
field tests, novel system evaluation tests, and parametric study tests. Then the field
test methodology and test metrics are discussed. Finally, this chapter uses a case
study in a campus office building to illustrate the field test process and compares
different data analysis methods.

10.2 VREF System Field Tests in the Literature

Multiple researchers [2-5] carried out comprehensive literature review of VRF
experiment works. Experimental studies can be grouped into the following three
types.

First, people widely applied EnergyPlus as the modeling tool and used exper-
imental data to validate the models. Jiang et al. developed an independent-
temperature-and-humidity-control-based air conditioning (AC) system for office
buildings in Shanghai, China, and evaluated the system performance both in exper-
iments and simulations [6, 7]. The system contained a solid desiccant heat pump
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handling the latent load and a VRF system dealing with the sensible load. They
compared the proposed system with a VRF system with a heat recovery ventilator.
Their experiment showed that the new system consumed 17.2% less energy, and the
COP increased 25.7% in cooling mode. In the heating mode, the novel system was
able to save 9.3% energy, and the COP increased by 45.2%. Their simulation results
in Energyplus were consistent with the experimental results. Park et al. [8] applied
similar approaches to compare three different systems: a VRF system without venti-
lation, a VRF system with energy recovery ventilation (ERV), and a VRF system
with a dedicated outdoor air system (DOAS). They found energy consumption per
year per unit area of the first system was 213.6 kWh m~2. The second system and
the third system were 16.8% and 26% higher than the first system.

In addition, some people focused on improving VRF system performance by
adding sub-components. For instance, Kwon et al. [9] added a subcooling heat
exchanger to increase the subcooling temperature of indoor units (IUs). They sepa-
rated the inlet refrigerant leaving the condenser and expanded it to cool down the rest
of the main flow, which helped increase the COP by 8.5%. Kwon et al. [10] developed
a VRF system with a hydro-kit water heater. They used the metric, Daily performance
factor (DPF), to evaluate the hybrid system, and found the DPFs were 2.14 and 3.54,
when the cooling energy ratio (cooling energy over the total energy consumption) was
13.0% and 28.4%, respectively. Meng et al. [11] installed a microchannel condenser
(MCHX) in a VRF system and tested the performance under part-load conditions in
cooling mode. The MCHXs had big temperature difference when the pipes were long
and could avoid refrigerant flashing expansion. The refrigerant charge also decreased
by 26.7-46.7%, and the cooling capacity increased by 5.5-6.8%. Kim et al. used
cascade cycle in a VRF system [12]. They tested the system under fixed temperature
and humidity in the chamber. They found that the COP of the cascade cycle was
three times higher than the conventional one. Zhao et al. came up with a VRF system
with an outdoor air dehumidifier and developed an independent-temperature-and-
humidity control for this system [13]. When the supply air temperature fluctuated
within a 2 °C range, the supply air humidity ratio change was within 8—10 gkg~!. Yun
etal. [14] studied the load responsive control of the evaporating temperature in a VRF
system under cooling operations. They developed a multi-calorimeter facility with
one outdoor unit chamber and two indoor unit chambers. They found that increasing
the evaporating temperature could lead to an energy consumption reduction of up to
35%.

Furthermore, some researchers conducted parametric studies using field tests.
Khatri and Joshi [15] compared a VRF system’s on-site cooling performance with a
constant speed unitary AC. They found that the VRF system was more efficient only
under part-load conditions. Minimum savings occurred when the ambient tempera-
ture was the rated temperature, while maximum savings occurred when the ambient
temperature was closed to the indoor set temperature. Xin et al. [16] studied the
oil return in VRF systems. They used the sound velocity method to measure the
oil concentration, the relative deviation of which was 2.6%. They found that the oil
discharge ratio had a linear relationship with the compressor speed. Ozahi et al. [17]
compared an air handling unit (AHU) with a VRF system. They conducted field
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tests in public buildings and found the VRF system saved more energy. Saab and Ali
[18] applied VRF systems in hot and humid climates. They mentioned that selecting
refrigerants needed to consider the evaporating and condensing pressures, which also
impact the COP alot. Zhang et al. [19] studied a digital VRF system and found that the
variable refrigerant volume characteristics and excellent part-load performance were
the strengths of the studied system. The IU nearest to the OU contributed the most to
defrosting. Tu et al. [20] focused on the subcooling’s impact on a VRF system. They
concluded that increasing the subcooling by control the electronic expansion valve
(EEV) opening could improve the COP and ensure the safe discharge superheat.

Table 10.1 shows a summary of the experimental works. Multiple findings are
listed below: (1) most VRF system tests were conducted in the Asia countries; (2)
a great number of studies only concentrated on the cooling mode; (3) COP and
energy consumption of the VRF system were the common topics, while limited
studies focused on other targets, like defrosting performance and the stability of the
system; (4) all the studies only conducted tests in one year, but no one compared the
performance of the same system over several years; and (5) except for Qian et al.
[21], no study considered large data analysis for field tests. Thus, future researchers
could talk more about VRF system on-site performance in the regions other than
Asian countries. Plus, people could carry out more studies about design parameters’
impact on the system performance.

10.3 VREF System Field Test Method

The core of the COP calculation was the measurement of the cooling (or heating)
capacities. According to the literature, there are mainly two measurement methods:
testing from the airside [22] or testing from the refrigerant side [9]. Nevertheless,
both have challenges. From the airside, the most crucial step was to measure the
airflow rate. However, the air velocity non-uniformity could obstruct achieving an
accurate air flow rate. From the refrigerant side, testing the refrigerant mass flow rate
needed cutting the refrigerant pipe. Besides, precise mass flow meters, like expensive
Coriolis mass flow meters, were needed. Thus, more field test of VRF systems is
needed, and an efficient field test method is also required.

National Institute of Standards and Technology (NIST) enacted HVAC Functional
Inspection and Testing Guide [23], the process of which is shown in Fig. 10.1. This
is also the general process adopted by AHRI standards 1230 for the VRF system
tests [24]. The first three steps, collecting basic information, instrument installation,
and data collection, are straightforward. Numerous methods exist for data analysis.
As the most common approach, people defined test metrics to evaluate the systems’
performance.

The most widely used test metric is the Coefficient of Performance (COP). COP
could be defined by the Eq. (10.1):
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Table 10.1 Experiment studies overview
Author Year | Mode Location Test place Core topic Time
Jiang et al. 2014 | Cooling, | Shanghai Office room | Indoor air 2 months
heating temperature,
energy
consumption,
Ccop
Lin et al. 2014 | Cooling, | College Office room | COP 1 year
heating Park
Meng et al. 2015 |Cooling | Shanghai N/A COP, PLR N/A
Kim et al. 2015 | Heating Busan Test COP, heating | N/A
chamber capacity
Yun et al. 2016 | Cooling | Yongin Si Test Energy N/A
chamber consumption,
exhaust air
temperature
Yu et al. 2016 | Cooling | Beijing Office room | COP, energy 1 year
consumption
Xin et al. 2017 | Cooling | Qingdao N/A Oil return N/A
Guo et al. 2017 |Cooling, | Wuhan Test Energy N/A
heating chamber consumption,
exhaust air
temperature
Khatri et al. 2017 |Cooling |New Delhi |Brick wall | Energy 1 month
building consumption,
outdoor air
temperature
Ozahi et al. 2017 | Cooling | Turkey Public Cost, energy 1 year
building consumption
Kani-Sanchez |2017 |Cooling, | Ontario Office room | Energy 1 year
etal. heating consumption
Park et al. 2017 | Cooling, | Seoul Office room | Energy 1 year
heating consumption,
COP,
ventilation
Saab and Ali 2017 | Cooling | Abu Dhabi | Office room | COP, energy 1 year
consumption
Zhao et al. 2017 | Cooling | Shanghai Office room, | Indoor air 1 year
residential temperature,
house stability
Zhang et al. 2017 | Heating Nanjing Laboratory | COP, PLR, N/A
defrost, energy
consumption

(continued)
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Table 10.1 (continued)

Author Year | Mode Location Test place Core topic Time
Tu et al. 2017 | Cooling, |Ningbo Laboratory | COP, N/A
heating subcooling,
superheat
Qian et al. 2020 |Cooling, |14 citiesin | Office, COP 1 year
heating China residential,
public
building
Fig. 10.1 AC system -
evaluation process Start
Basic
information
Instrument
installation
i
' Y
Data
collection
42 * <
Data Analysis
L. 7
End

Cooling or Heating Capacities
COP = - (10.1)
Power Consumpotions

The drawback of the COP metric is that COP could only be used for the steady-
state performance and is not sufficient to describe the transient performance of the
AC systems. Thus, numerous test metrics were suggested, and different regions had
different standards.

Wu et al. summarized commonly used energy efficiency metrics, as shown in
Table 10.2, including Seasonal Energy Efficiency Rate (SEER), Heating Seasonal
Performance Factor (HSPF), Annual Performance Factor (APF), Cooling Seasonal
Performance Factor (CSPF), and Seasonal COP (SCOP) [25].
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Table 10.2 Energy efficiency metrics [25]

Standard Test standard Performance Energy efficiency Energy
category calculation standard | standard efficiency
metrics
The U.S AHRI AHRI Energy Star, DOE SEER,
210/240-2008 210/240-2008 HSPF, APF
China GB/T 7725-2004 GB/T 7725-2004 GB SEER,
21455-2013(VRFACs) | HSPF, APF
Japan JUSC 9612-2013, | JISC 9612:2013, JRA 4046 CSPF,
JRA 4048-2006, JRA 4046 HSPF, APF
JISB 8615
EU EN 14511-2011 EN 14825-2012 EU No 206-2012, EU SEER,
No 626-2011 SCOP
Australia | AS/NZS 3823.1.1, | AS/NZS AZ/NZS 3823.2-2013 AEER,
AS/NZS 3823.1.2 | 3823.2-2013 ACOP, SRI
1SO ISO 5151-2017 ISO 163581-2013, |ISO 13612-2-2014 CSPF,
ISO 16368-2-2013 HSPF,
APF, TAPF

10.4 A Case Study in a Campus Office Building

The authors conducted field tests of a VRF system from August 2017 to July 2021
in an office building in MD, U.S. As shown in Fig. 10.2, seven same IUs were
installed in five rooms. The users controlled the indoor units. The system had two
Heat Recovery Units (HRUs) and one Water Heating Unit (WHU). In current tests,
the WHU was not used. Interested readers can use Lin et al. [26] as a reference for
WHU testing work.

Figure 10.3 describes the fourth-floor plan. The ODU of the system was installed
on this floor, as well as the water tank and hydro kit of the WHU. We measured
the indoor temperature and humidity ratio, as well as the ambient temperature and
humidity ratio. Figure 10.4 shows the on-site photos of the tested building.

The schematic diagram of the test system is given in Fig. 10.5, which shows the
system operation status when seven indoor units are in cooling mode, as an example.
We measured the pressure, temperature, mass flow rate, and power consumption
of the system. The sensors’ positions are also shown in this figure. We used the
Data Acquisition (DAQ) system and measured data every two seconds, as shown in
Fig. 10.6. The specifications of the measuring instruments are shown in Table 10.3.
The test system also had built-in sensors. The data like compressor frequency, fan
speed, and EEV openings could be obtained from the manufacturer’s software. The
thermocouples used were calibrated as shown in Fig. 10.7.
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10.5 Comparisons Between Quasi-Steady State (QSS)
and Time Average Metrics

Time average metrics

For the AC system performance measurement, people are typically interested in
energy efficiency. Equation (10.1) provides the definition of COP. Typically, this
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Fig. 10.4 Pictures of indoor and outdoor units

COP metric describes the system’s average efficiency over a time period, especially
for the steady-state case. The COP can also be used for the systems’ instantaneous
efficiency at a given time t. However, for a large dataset, it’s impossible to calculate the
COP for each measured time point since if the sampling time is short (e.g., 1 sor 2 s),
the number of the measured time points can easily exceed the computer’s memory
limit. In order to describe the system’s performance in a time period, including all
operations either in steady-state or not, researchers used time-average performance
metrics to evaluate the system performance. Daily Performance Factor (DPF) is a
commonly used metric defined as follows:

1)
= ’;;Q—(t)dt (10.2)
o P0)dt
Q is the total capacity at a given time t, while P is the total power at a given
time t; to is the start time in the day, while t; is the end time. Other similar metrics,
like Annual Performance Factor (APF), Seasonal Performance Factor (SPF), etc.,
are summarized in the literature review part and can be calculated using the same
approach.
Since the integral is not easy to calculate in practice, researchers used an
approximation form to estimate the DPF [10]:
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The DPFs of the tested VRF system at the University of Maryland (UMD), College
Park campus in 2019 are shown in Fig. 10.8.
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Table 10.3 Specifications of measuring instruments

Instrument Type Range Accuracy
Thermocouple T type —200 ~ 350 °C +0.5K
Pressure transducer (high pressure) Capacitive 0~ 6770 kPa +6.34 kPa
Pressure transducer (low pressure) Capacitive 0 ~ 3339 kPa +4.21 kPa
Mass flow meter Coriolis 3~4575gs7! +09gs!
Wattmeter (outdoor unit) Electrostatic 0~ 40 kW +0.5% FS
Wattmeter (indoor unit) Electrostatic 0~4kW +0.5% FS
RH sensor Capacitive 0~ 100% 3%

(a) Thermocouples (b) Water Bath

Fig. 10.7 Sensors calibration

0i = (hii — ha) - m; (10.4)

hi =h(P, T, xq) (10.5)

The capacity could be calculated by enthalpy difference and mass flow rate as
shown in Eq. (10.4). The enthalpy is a function of pressure, temperature, and quality.
For each time slot, the total capacity should be calculated by multiplying the differ-
ential time (A¢;) to the instantaneous capacity. The true performance is to calculate
the enthalpy at each time slot and then calculate the overall enthalpy difference. This
could be explained by Eq. (10.6).

n—oo

éi . At,' = Z (hlu — hzu) s mgj - Al‘,’j (106)
=1
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Fig. 10.8 2019 DPF evaluation for VRF system at the UMD campus in 2019

However, in practice, people usually use the time-averaged property (pressure,
temperature, and quality) to calculate the enthalpy. This could be explained by
Eq. (10.7).

Qi . Ati = (El,i — EZ,i) . ﬁi . Ati (107)

Then, the question is whether these two methods would have the same result. The
author used the on-site test data to check whether this approach is acceptable. In this
work, the difference of performance among two metrics is described by a metric,
Mean Absolute Percentage Error (MAPE), which could be given by the following
equation:

1 Y —Y;
MAPE = — Z T % 100% (10.8)

n
i=1

In addition, the authors also set the error bound to be within +15% to check
whether a metric could be used as a substitute for another metric. Figure 10.9 shows
the results. The x-axis is the accumulative performance, which is the metric given
by Eq. (10.6), and is the true performance. The y-axis is the time-averaged prop-
erty performance, which is the metric given by Eq. (10.7), and is the estimated
performance.

As aresult, At is very important for the accuracy of the estimated performance. If
At approaches zero, the overall error would be very close to 0%. When the error is low
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Fig. 10.10 Temperature change example of the mis-estimated point

enough, the averaged performance can be used as a substitute for the accumulative
performance. The reason is that the slope of enthalpy is not continuous at the phase
change point. We can pick one point at which the estimated performance is far from
the accumulative performance in the MPF figure (Fig. 10.9b), and check what was
happening in the minute.

Figure 10.10 shows the discharge temperature (the inlet of the heat exchanger), the
outlet temperature of the heat exchanger, the condensing temperature, the evaporating
temperature, and the suction temperature of the misestimated point. This example is
in heating mode. At this minute, the outlet of the heat exchanger became the two-
phase state. Thus, the enthalpy at the outlet of the heat exchanger is a piecewise
function. Mathematics knowledge tells us that for a piecewise function f (x) # f (x).

The reason to use the time-averaged performance is that the enthalpy calculation
takes a great time in the whole process to evaluate the system efficiency.

Figure 10.11 shows the time consumed by each sub-function in the program to
calculate the system efficiency. In this program, refrigerant properties were calculated
by the Refprop and stored in lookup tables first. Then polynomial interpolation was
used from lookup table data. Thus, the light blue part in the figure called “Fit type
for curves” shows the time consumed to calculate the enthalpy. This part takes more
than 50% of the total time. Thus, using time-averaged performance means that one
can call the lookup function only once for the enthalpy calculation, leading to a
time-saving result.

Determining At is essential in the time-averaged performance calculation. The
frequency that one side of the heat exchanger enters the two-phase region (losing
superheat or subcooling) needed to be considered since this is the cause of the large
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Fig. 10.11 Time consumption for each function to evaluate system efficiency

error. Obviously, the on—off ratio is a significant factor that affects the frequency that
the outlet of the heat exchanger becomes two-phase state. The on—off ratio is affected
by the system’s load and maximum capacity. If the system’s maximum capacity is
larger than the building load, the frequency of HX outlet becoming the two-phase
state is high. If the system capacity is smaller than the building load, the system
will keep working, which means that the frequency would be low. In conclusion, if
the system’s maximum capacity is larger than the building load, the time average
performance method is not recommended to be used.

Quasi-Steady State (QSS) Metrics

Though the steady state is hard to achieve in field tests, people define Quasi-Steady
State (QSS) to describe the system’s performance in a short period with stable
performance. A significant number of methods have been adapted to detect the QSS
condition of the systems. We summarized some of them in Table 10.4.

These methods could be divided into several groups. One was using one moving
data window. These methods set only one moving data window and monitor the
standard deviation or doing linear regression and compare the target value with a
threshold value. If the value were below the threshold, the status could be considered
as QSS. Other groups were setting two recently adjacent moving data windows.
Some statistical values could be used to detect steady state. In these methods, Kim’s
method is the most widely used method for heat pump and vapor compression cycle.

The table shows some criteria for steady-state conditions (Table 10.5).

For QSS detection, three questions need to be answered. First, which method is
the most proper one for VRF systems? Second, which parameter is essential and
sufficient? And third, what time window size is appropriate?
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Methodology

Author and Year

Demonstrated application

F-test [27]

Cao et al. [27]

Experimentally measured pH
(potential of Hydrogen),
temperature, and pressure

Standard deviation [28-31]

Kim et al. [28, 30]
Bejarano et al. [31]
Lecompte et al. [29]

Heat pump, organic Rankine
cycle (ORC), vapor compression
refrigeration system

Linear regression [32-34]

Holly et al. [32]
Bethea and Rhinehart [33]
Wu et al. [34]

Acoustic emission monitoring,
mass flow rate measurements

T-test [35]

Narasimhan et al. [35]

Simulation

Bayesian inference [36]

Wu et al. [36]

Cavitation noise power (CNP)
signals

Slope and second derivative [37]

Perez et al. [37]

Building management system
(BMS)

R-test [38]

Bianchi et al. [38]

ORC

Table 10.5 Kim’s method

criteria [28]

System measurement Steady state criteria
Temperature difference <0.5K

Pressure change <2%

Mass flow change <2%

Rotating equipment speed change <2%

We applied Kim’s method in the VRF system case study. The test time was July
7th to July 18th, 2018. Table 10.6 shows the ratio between the STD and average value
for four parameters in 30 s (four points were shown as examples). It could be found
that the mass flow rate had the highest deviation. In other words, for VRF systems,
we can assume that the QSS filter only needs to constrain the mass flow rate. The
benefit is timesaving. Considering that we need a label to check the system’s on—off
status, the compressor frequency was also used in the filter for QSS detection.

Thus, in the case study, the author used the following equations as the filter to
detect QSS in an M-second time widow with n data points exist:

Table 10.6 Parameter difference

Pressure 1 (%) | Pressure 2 (%) | Temperature 1 Temperature 2 | Mass flow rate
(%) (%) (%)
1 |0.70 1.33 0.67 0.48 0.44
2 10.60 1.57 0.70 0.57 1.89
3 1041 1.22 1.34 0.50 1.89
4 1034 0.90 1.35 0.36 1.81
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The author used M = 60, n = 30, and Tr = 1 g/s. The M value is from the literature
[39]. The time for AC system charging is around one minute. The Tr value is set based
on the uncertainty of the MFR meter used, which is 0.98 g/s. In fact, setting M and
Tr also need to consider how many data points are expected to get.

The QSS status of one day is shown in Fig. 10.12. The mass flow rate showed
the average measurements due to noise signals. The pressure was the original value.
‘I¢’ means QSS, while ‘0’ means not.

We used the QSS method to evaluate the tested VRF system cooling performance.
The data for May 2019 were analyzed. Through the QSS filter, we finally secured
23,323 data points. We defined a two-digit number M. The digit of M means the
operating indoor units’ number. As an example, “M = 3” means that three cooling
units operated. Table 10.7 shows the distribution of the M value of my database. We
ignored the group with a count number smaller than 100.

The field test result of the power consumption is shown in Fig. 10.13. Different
rows indicate a different number of cooling units. For example, the first row means
that there is only one cooling unit operating. As can be found in Fig. 10.13, the
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Table 10.7 Tabulated data M value Count Percentage (%)
1 1167 5.0
2 6182 26.5
3 7425 31.8
4 3191 13.7
5 371 1.6

slope of the data points increases with the number of cooling units. The reason is
that the cooling load is increased with the ambient temperature. In this situation, the
system control logic would apply a higher frequency of the compressor. Therefore, the
power consumption of the compressor was increased with the compressor frequency.
According to Fig. 10.13, it is difficult to conclude the energy efficiency of different
cases. Thus, we conducted a machine learning-based model using the two data sets.
The goal was to predict the power consumption under the same ambient and operating
conditions.

Figure 10.14 shows the Coefficient of Performance (COP). Similar to what we
show in Fig. 10.13, the trend of the COP is not apparent when M is small. When M
equals 4 or 5, when the ambient temperature increases, the system COP decreases.
The reason might be that when only 1 or 2 indoor units operated, the cooling
load was not high. Thus, the compressor was working under low frequency, which
caused the efficiency of the compressor low. It would make an unideal result for the
COP. However, when the compressor frequency was high, the efficiency of the heat
exchanger would be a significant factor. When the ambient temperature decreased,
the outdoor unit heat exchanger heat transfer efficiency increased, and the COP of
the system should also increase.

Comparing Time-average Performance with QSS Performance

The next question is what the difference between the QSS performance metric and the
time-average performance metric is. To further compare the two metrics, the author
picked one typical day, Jan. 11th, 2019. The QSS performance factor (QSS-COP) is
compared with MPF and HPF. The moving window size is 60 s, and the threshold
value is 1 g/s. The result is shown in Fig. 10.15.

Except for several data points, the two methods show a close result. For the points
in which two ways give different results, the system is in the start-up or shut-down
process and loses superheat or subcooling.

Table 10.8 shows the comparison of the two methods. The moving window size,
target function, and target threshold are the most important parameters for QSS
performance. The At is the most significant parameter for time-average performance.
The benefits of using the QSS metric include reflecting the heist performance of the
system and reflecting the relationship among different tested parameters. In contrast,
the benefits for using time-average performance are saving time when At is large
and reflecting the transient phase performance to some extent.
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10.6 Conclusions

This chapter first provides a literature review of current VRF system field test studies,
including the model validation field tests, controls comparisons tests, and parametric
study tests. Then the field test methodology is presented based on the standards from
the Air-Conditioning, Heating, and Refrigeration Institute. Next, the approaches
measuring system capacities, which are at the core of the COP calculation, are
discussed from the airside and the refrigerant side. Finally, this chapter uses a case
study in a campus office building to illustrate the field test process and compares
different data analysis methods. The conclusions are drawn as follows:

(1) Thefirststep for field test data analysis is the direct metrics calculation, including
part load ratio, usage ratio, cooling combination ratio, operating unit ratio, etc.
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@

The next step is to decide whether the details could be ignored or not. If the study
does not care about the system performance details, the time-averaged property
performance metrics are recommended. If the study needs some details of the
system, for example, the P-h diagram, then the QSS performance method is
recommended. The last step depends on transient data needing analysis or not.
If the transient performance needs to be studied, some modeling tools might be
needed for prediction.

QSS performance is compared with time-averaged property performance. The
moving window size, target function, and target threshold are the most important
parameters for QSS performance. The At is the most significant parameter
for time-averaged property performance. The benefits of using the QSS metric
include reflecting the heist performance of the system, reflecting the relationship
among different tested parameters, and making sense for the refrigeration cycle
on the P-h diagram. In contrast, the benefits of using time-averaged property
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Table 10.8 Comparisons of two methods

Quasi-steady state performance

Time-average performance

Core parameters | Moving window size, target function, | At
target thresholds
Pros » Reflect the highest performance of |+ Save time when At is large
the system » Reflect the transient phase

» Reflect the relationship between
ambient conditions and system
performance (like COP versus
ambient temperature)

performance to some extent

Cons * Cannot reflect the transient
performance between on and off
status

* Does not get enough data if the
system start-up and shut down
frequently

Doesn’t make sense
thermodynamically some time
Provide limited information to
improve system design

performance are saving time when At is large and reflecting the transient phase

performance to some extent.

(3) A general rule for adjusting parameters (like At) doesn’t exist in field test data
analysis. Depending on the purpose and cost constraints, parameters setting

should be different.

Future VRF systems need an easy-to-apply and low-cost field test method. As tech-
nologies developed, the field test sampling time would be shorter, and the memory
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of monitoring computers would be larger. Future VRF system data analysis would
require handling large data online. Thus, combining big data analysis tools with VRF
system data analysis might be one approach for future VRF system field tests.
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