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Preface

Energy demand has been rising remarkably due to increasing population and
urbanization. Global economy and society are significantly dependent on the energy
availability because it touches every facet of human life and its activities.
Transportation and power generation are two major examples. Without the trans-
portation by millions of personalized and mass transport vehicles and availability of
24 � 7 power, human civilization would not have reached contemporary living
standards.

The International Society for Energy, Environment and Sustainability (ISEES)
was founded at Indian Institute of Technology Kanpur (IIT Kanpur), India, in
January 2014 with the aim of spreading knowledge/awareness and catalysing
research activities in the fields of energy, environment, sustainability and com-
bustion. The society’s goal is to contribute to the development of clean, affordable
and secure energy resources and a sustainable environment for the society and to
spread knowledge in the above-mentioned areas and create awareness about the
environmental challenges, which the world is facing today. The unique way
adopted by the society was to break the conventional silos of specializations
(engineering, science, environment, agriculture, biotechnology, materials, fuels,
etc.) to tackle the problems related to energy, environment and sustainability in a
holistic manner. This is quite evident by the participation of experts from all fields
to resolve these issues. ISEES is involved in various activities such as conducting
workshops, seminars and conferences in the domains of its interest. The society also
recognizes the outstanding works done by the young scientists and engineers for
their contributions in these fields by conferring them awards under various
categories.

The second international conference on “Sustainable Energy and Environmental
Challenges” (SEEC-2018) was organized under the auspices of ISEES from 31
December 2017 to 3 January 2018 at J N Tata Auditorium, Indian Institute of
Science Bangalore. This conference provided a platform for discussions between
eminent scientists and engineers from various countries including India, USA,
South Korea, Norway, Finland, Malaysia, Austria, Saudi Arabia and Australia. In
this conference, eminent speakers from all over the world presented their views
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related to different aspects of energy, combustion, emissions and alternative energy
resources for sustainable development and a cleaner environment. The conference
presented five high-voltage plenary talks from globally renowned experts on topical
themes, namely “Is It Really the End of Combustion Engines and Petroleum?” by
Prof. Gautam Kalghatgi, Saudi Aramco; “Energy Sustainability in India:
Challenges and Opportunities” by Prof. Baldev Raj, NIAS Bangalore; “Methanol
Economy: An Option for Sustainable Energy and Environmental Challenges” by
Dr. Vijay Kumar Saraswat, Hon. Member (S&T), NITI Aayog, Government of
India; “Supercritical Carbon Dioxide Brayton Cycle for Power Generation” by Prof.
Pradip Dutta, IISc Bangalore; and “Role of Nuclear Fusion for Environmental
Sustainability of Energy in Future” by Prof. J. S. Rao, Altair Engineering.

The conference included 27 technical sessions on topics related to energy and
environmental sustainability including 5 plenary talks, 40 keynote talks and 18
invited talks from prominent scientists, in addition to 142 contributed talks, and 74
poster presentations by students and researchers. The technical sessions in the
conference included Advances in IC Engines: SI Engines, Solar Energy: Storage,
Fundamentals of Combustion, Environmental Protection and Sustainability,
Environmental Biotechnology, Coal and Biomass Combustion/Gasification, Air
Pollution and Control, Biomass to Fuels/Chemicals: Clean Fuels, Advances in IC
Engines: CI Engines, Solar Energy: Performance, Biomass to Fuels/Chemicals:
Production, Advances in IC Engines: Fuels, Energy Sustainability, Environmental
Biotechnology, Atomization and Sprays, Combustion/Gas Turbines/Fluid
Flow/Sprays, Biomass to Fuels/Chemicals, Advances in IC Engines: New
Concepts, Energy Sustainability, Waste to Wealth, Conventional and Alternate
Fuels, Solar Energy, Wastewater Remediation and Air Pollution. One of the
highlights of the conference was the rapid-fire poster sessions in (i) Energy
Engineering, (ii) Environment and Sustainability and (iii) Biotechnology, where
more than 75 students participated with great enthusiasm and won many prizes in a
fiercely competitive environment. More than 200 participants and speakers attended
this four-day conference, which also hosted Dr. Vijay Kumar Saraswat, Hon.
Member (S&T), NITI Aayog, Government of India, as the chief guest for the book
release ceremony, where 16 ISEES books published by Springer, under a special
dedicated series “Energy, Environment, and Sustainability” were released. This is
the first time that such significant and high-quality outcome has been achieved by
any society in India. The conference concluded with a panel discussion on
“Challenges, Opportunities & Directions for Future Transportation Systems”,
where the panellists were Prof. Gautam Kalghatgi, Saudi Aramco; Dr. Ravi
Prashanth, Caterpillar Inc.; Dr. Shankar Venugopal, Mahindra and Mahindra; Dr.
Bharat Bhargava, DG, ONGC Energy Centre; and Dr. Umamaheshwar, GE
Transportation, Bangalore. The panel discussion was moderated by Prof. Ashok
Pandey, Chairman, ISEES. This conference laid out the road map for technology
development, opportunities and challenges in energy, environment and sustain-
ability domains. All these topics are very relevant for the country and the world in
the present context. We acknowledge the support received from various funding
agencies and organizations for the successful conduct of the second ISEES
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conference SEEC-2018, where these books germinated. We would therefore like to
acknowledge SERB, Government of India (special thanks to Dr. Rajeev Sharma,
Secretary); ONGC Energy Centre (special thanks to Dr. Bharat Bhargava); TAFE
(special thanks to Sh. Anadrao Patil); Caterpillar (special thanks to Dr. Ravi
Prashanth); Progress Rail, TSI, India (special thanks to Dr. Deepak Sharma);
Tesscorn, India (special thanks to Sh. Satyanarayana); GAIL, Volvo; and our
publishing partner Springer (special thanks to Swati Meherishi).

The editors would like to express their sincere gratitude to a large number of
authors from all over the world for submitting their high-quality work in a timely
manner and revising it appropriately at short notice. We would like to express our
special thanks to Prof. Mirko Baratta, Prof. Antonio Carlucci, Prof. Vincenzo
Mulone, Prof. Sundar Krishnan, Prof. Kalyan Srinivasan, Mr. Prabhat Ranjan Jha,
Mr. Hamidreza Mahabadipour, Mr. Kendyl Partridge, Mr. Gaurav Guleria and Mr.
Aimilios Sofianopoulos, who reviewed various chapters of this book and provided
very valuable suggestions to the authors to improve their draft manuscripts.

The book covers different aspects of advanced combustion engines that utilize
natural gas as a primary fuel. The principal objective of this book is to fulfil an
important global need in presenting the state of the art in natural gas engine
technologies for transportation and power generation. We believe that this book will
be useful to early-career researchers, academicians, professional engineers and
scientists across the globe who work in the area of natural gas utilization for internal
combustion engines. Chapter 2 presents a general overview of various natural gas
combustion technologies including spark ignited, dual fuel, prechamber ignition,
homogeneous charge compression ignition. Chapters 3 through 6 discuss various
spark-ignited natural gas combustion technologies including direct injection natural
gas engines. Chapter 7 discusses the techno-economic impacts of using natural gas
engines for marine applications, and it serves as a segue between SI and CI engine
combustion technologies. Chapters 8 through 12 focus on opportunities and chal-
lenges associated with dual-fuel natural gas engines. Chapter 13 presents an
overview of emission control technologies for natural gas-fired engines. Finally,
Chap. 14 presents a unique perspective of high-efficiency natural gas-fired resi-
dential genset technologies.

Tuscaloosa, USA Kalyan Kumar Srinivasan
Kanpur, India Avinash Kumar Agarwal
Tuscaloosa, USA Sundar Rajan Krishnan
Rome, Italy Vincenzo Mulone
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Chapter 1
Introduction to Advanced Combustion
Technologies: The Role of Natural Gas
in Future Transportation and Power
Generation Systems

Kalyan Kumar Srinivasan, Avinash Kumar Agarwal,
Sundar Rajan Krishnan and Vincenzo Mulone

Abstract Among the many alternatives to gasoline and diesel, natural gas is con-
sidered a viable fuel for future transportation and power generation applications. The
present chapter provides an introductory overview of the role of natural gas in future
transportation and power generation systems. Current and projected trends (up to 2040)
for global energy consumption and the associated contribution of natural gas in various
sectors (industrial, transportation, residential, etc.) are discussed. The advantages and
challenges of natural gas as a combustion fuel, natural gas fuel storage and trans-
portation challenges (as compressed natural gas and liquefied natural gas), and natural
gas utilization in internal combustion (IC) engines are reviewed. Advanced natural gas
low-temperature combustion (LTC) strategies for IC engines, natural gas combustion in
spark ignition (SI) engines with a specific focus on direct injection of natural gas,
natural gas utilization in marine SI and compression ignition (CI) engines, natural gas
utilization in light-duty, heavy-duty, industrial, and marine engines, emissions control
technologies for natural gas-fueled engines, and a review of natural gas-powered res-
idential scale micro-combined heating and power (CHP) systems are the major topics
explored in the book. The organizational rationale of the book is discussed, and brief
summaries of various chapters in the book are provided.

Keywords Natural gas � Low-temperature combustion � Advanced combustion
Dual fuel � Spark ignition
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1.1 Introduction

With increasing global population and economic development, energy consumption
is expected to increase significantly, while the energy resource portfolio is expected
to become increasingly diverse. According to the 2018 International Energy
Outlook (IEO 2018) provided by the US Energy Information Administration (EIA
2018), the world energy consumption is projected to increase from about 575
quadrillion British Thermal Units (BTUs) in 2015 to 739 quadrillion BTU by 2040.
Of this, natural gas accounts for a significant fraction as an energy source. For
example, while natural gas accounted for about 125 quadrillion BTU (*22% of
total) of the energy consumption in 2015, it is projected to increase to 182 quad-
rillion BTU (nearly 25% of total) of the energy consumption in 2040, likely
accounting for the largest increase in global primary energy consumption by source.
Global natural gas consumption statistics in 2015 (IEA 2017) indicated that nearly
38% of the total was utilized in the industrial sector, 30% in the residential sector,
while the remainder was used in transportation (7%), commercial and public service
(13%), and non-energy sector, agriculture, fishing, etc. (12%). One of the
challenges of using natural gas, especially in transportation applications, is onboard
natural gas storage. Two options for natural gas storage are in compressed natural
gas (CNG) form (typically at 3600 psig or 250 bar) or in liquefied natural gas
(LNG) form at −260 °F (or −160 °C) (US DOE 2018). Although cryogenic natural
gas storage as LNG is technically more complicated and economically more
demanding, it is clearly advantageous in terms of substantially lower storage space
and weight requirements and significantly longer durations between fuel refueling
compared to CNG (because of higher fuel energy density for a given storage
volume when stored in liquefied form). With the increasing market penetration of
LNG transported via ships to different parts of the world, it is natural to consider
LNG (and CNG) as a primary fuel in marine applications.

Natural gas has several inherent advantages that augur well for its being adapted
for transportation and power generation applications. For example, natural gas
typically exhibits high resistance to autoignition (high octane number, allowing the
use of higher compression ratios), lower carbon-to-hydrogen ratio (leading to lower
post-combustion CO2 emissions), suitability for lean combustion (leading to higher
fuel conversion efficiencies), and a well-established infrastructure for production
and distribution in many parts of the world.

Considering the general energy trends discussed above and some of the
advantages of natural gas compared to other fuels, it is clear that natural gas is (and
will continue to be) a significant energy resource in a variety of sectors, including
transportation, industrial power generation, and residential applications (e.g., home
heating). For transportation and industrial power generation applications, com-
bustion of natural gas in internal combustion (IC) engines will remain an important
energy conversion strategy for the foreseeable future. This book focuses on
advanced natural gas combustion and emissions control technologies, including

2 K. K. Srinivasan et al.



both transportation applications (including light-duty, heavy-duty, and marine) and
stationary power generation for residential applications.

1.2 Organization of the Book

The book is organized as follows. Chapter 2 provides a discussion of advanced
natural gas low-temperature combustion (LTC) strategies for IC engines. Chapters 3
through 6 deal with the fundamentals and applications of natural gas combustion in
spark ignition (SI) engines with a specific focus on direct injection of natural gas.
Natural gas utilization in marine SI and compression ignition (CI) engines is dis-
cussed in Chap. 7. Chapters 8 through 12 deal with natural gas utilization in
light-duty, heavy-duty, industrial, and marine engines. Chapter 13 discusses
emissions control technologies for natural gas-fueled engines, while Chap. 14
presents a review of natural gas-powered residential-scale micro combined heating
and power (CHP) systems. Both experimental and computational analyses of nat-
ural gas combustion, performance, and emissions are covered.

Natural gas combustion in IC engines can occur over a wide range of operating
conditions. Depending on the type of engine, the combustion strategy utilized, and
the application, natural gas combustion can occur at different compression ratios
(higher for CI compared to SI), overall fuel–air equivalence ratios (lower for CI),
injection strategies (port injection vs. direct injection), in-cylinder fuel stratification
(homogeneous vs. heterogeneous), and in-cylinder conditions of temperature and
pressure. Various natural gas combustion strategies have been investigated over the
past several decades. These include lean-burn natural gas combustion using a
variety of ignition systems (e.g., spark ignition, laser ignition, turbulent jet ignition
with pre-chambers), conventional diesel-ignited natural gas dual-fuel combustion,
homogeneous charge compression ignition (HCCI) combustion of natural gas,
dual-fuel LTC of premixed natural gas with diesel pilot or diesel micro-pilot
ignition, high-pressure direct injection (HPDI) of natural gas and diesel leading to
stratified diesel-ignited natural gas dual-fuel combustion, and reactivity controlled
compression ignition (RCCI) combustion. Naturally, the chapters in this book
present an eclectic mix of different current approaches as well as promising natural
gas combustion and emissions control technologies for the future.

For example, Chap. 2 reviews advanced natural gas LTC concepts such as HCCI
and RCCI and discusses their potential benefits (e.g., low emissions of oxides of
nitrogen (NOx), particulate matter (PM), and CO2) and important challenges (e.g.,
unburned hydrocarbons (UHC), knock).

Partially stratified combustion of natural gas in SI engines is dealt with in
Chap. 3. A combined experimental and computational fluid dynamics
(CFD) approach is adopted to analyze natural gas PSC in both a constant volume
combustion chamber (CVCC) and a single-cylinder research engine (SCRE).
A large eddy simulation (LES), coupled with a partially stirred reactor model for
considering the non-resolved turbulence-chemistry interaction, is first validated
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with Schlieren images obtained in the CVCC and subsequently used for extensive
numerical analysis of PSC in the SCRE. With detailed CFD simulations and partial
fuel stratification, ultra-lean SI combustion of natural gas is demonstrated with
improved engine performance on the SCRE.

Natural gas DI technology is explored numerically in Chap. 4 as a means to
improve volumetric and brake thermal efficiencies in natural gas-fueled SI engines.
Volumetric efficiency and engine brake power are improved in natural gas DISI by
obviating intake air displacement and throttling losses due to manifold induction or
port fuel injection (PFI) of natural gas. Modeling strategies for natural gas DI are
reviewed, followed by detailed studies of the gas injection process through
poppet-type outwardly opening injectors. Specifically, the effect of gas injection on
the in-cylinder flow field (e.g., the occurrence of compression shocks, expansion
fans, jet collapse) and fuel–air mixing is studied using high-fidelity LES and
unsteady Reynolds-averaged Navier–Stokes (URANS) CFD models.

The prospects and challenges of natural gas DI combustion in SI engines in
comparison with natural gas PFI are presented in Chap. 5. After a discussion of DI
nozzle geometry, the performance of natural gas DI injectors is investigated using
Schlieren and planar laser-induced fluorescence (PLIF) imaging. The effect of start
of injection (SOI) of natural gas, brake mean effective pressure (BMEP), and
equivalence ratio on natural gas DI operation are studied on an SCRE.

Chapter 6 examines the effects of EGR on the performance of SI engines fueled
by natural gas and natural gas–hydrogen blends (with 40% v/v of hydrogen). Based
on experimental results obtained from a naturally aspirated light-duty SI engine and
a turbocharged heavy-duty SI engine, the authors show that EGR can be utilized to
yield high specific power and improved fuel conversion efficiency with lower
thermal stress. It is shown that hydrogen-enriched natural gas can counteract the
reduction of combustion rates with EGR (especially at high EGR levels) and also
mitigate the adverse impact of EGR on UHC emissions.

Chapter 7 forms a sort of natural transition between natural gas-fueled SI and CI
engines. It presents an operational, environmental, and economic assessment of
natural gas-fueled, two-stroke, and four-stroke dual-fuel CI engines and four-stroke
SI engines used in marine applications. Fuel conversion efficiency, power density,
ignition stability, knocking tendency, and exhaust emissions are considered for both
SI and dual-fuel CI engines, and the inherent trade-offs in adapting natural gas as a
primary fuel for marine applications are discussed.

Advanced combustion and ignition technologies for natural gas-fueled CI and SI
engines are dealt with in Chap. 8. Natural gas-fueled HCCI, RCCI, and dual-fuel
LTC strategies are reviewed, and the PREmixed Mixture Ignition in the End gas
Region (PREMIER) combustion concept is presented in significant detail. With
control of pilot fuel injection quantity and pressure, pilot fuel injection timing,
gaseous fuel equivalence ratio, and exhaust gas recirculation (EGR) levels, it is
shown that a reasonable compromise can be achieved between fuel conversion
efficiency and exhaust emissions using the PREMIER concept. In addition,
advanced ignition systems such as laser ignition and plasma-assisted ignition of
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lean natural gas–air mixtures at relatively high compression ratios are also
reviewed.

In Chap. 9, a parametric analysis is performed for diesel–natural gas RCCI in a
light-duty CI engine. Specifically, the impact of natural gas substitution, EGR,
compression ratio on RCCI performance and emissions is presented. The authors
show that, by optimizing the combustion chamber and the aforementioned dual-fuel
engine operating parameters, it is possible to reduce engine-out exhaust emissions
(UHC emissions, in particular) while simultaneously improving fuel conversion
efficiency.

Design and calibration strategies for improving diesel–methane dual-fuel HCCI
engines are described in Chap. 10. Results from a full factorial
design-of-experiments study of the effects of compression ratio, intake pressure,
diesel pilot injection timing and injection pressure, and methane substitution on
combustion evolution, engine performance, and pollutant emissions are presented.
The results show that dual-fuel HCCI combustion can be achieved both with early
and late SOIs when combined with high intake pressures to yield very low NOx

emissions and maximum pressure rise rates with very little penalty on fuel con-
version efficiency, HC, and carbon monoxide (CO) emissions.

Chapter 11 presents results from a combined experimental and computational
investigation of diesel–natural gas dual-fuel combustion in a light-duty industrial
engine. The authors leverage calibrated CFD and 1D models of dual-fuel com-
bustion and experiments at different engine loads and speeds to optimize dual-fuel
operation (without EGR) and demonstrate virtual elimination of soot, significant
NOx and CO2 reduction, and improvements in brake fuel conversion efficiency. The
authors report higher engine-out UHC and CO emissions, which may be eliminated
with an effective exhaust oxidation catalyst.

One of the challenges in conventional diesel–natural gas dual-fuel combustion and
dual-fuel LTC is unstable engine operation, especially at low loads. Cyclic com-
bustion variations, which lead to engine instabilities and highUHC and CO emissions
in dual-fuel LTC, are discussed in Chap. 12. Inconsistent fuel–air mixing from one
engine cycle to another, leading to cyclic inconsistencies in ignition and combustion
phasing as well as combustion duration, may be an important cause of cyclic com-
bustion variations in dual-fuel LTC. Therefore, strategies to mitigate cyclic com-
bustion variations may include ensuring appropriate local stratification of
diesel-to-methane fractions such that the combustion process is just sufficiently pre-
mixed to achieve lowNOx and soot emissions without compromising engine stability.

A review of the performance, combustion-generated emissions, and emissions
control strategies, and exhaust aftertreatment technologies used for natural
gas-fueled CI and SI engines is provided in Chap. 13. In particular, lean-burn vs.
stoichiometric operation, the impact of EGR with hydrogen enrichment, the
importance of spark timing, performance enhancement with hydrogen addition, and
aftertreatment systems (e.g., performance of three-way catalytic converters) for
natural gas SI engines are discussed. Similarly, for CI engines operating on
dual-fuel combustion, the benefits of EGR, pilot fuel quantity and type, and pilot
injection timing on mitigating exhaust emissions are also reviewed.
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Finally, Chap. 14 presents a detailed review of the state of the art in
residential-scale, natural gas-powered CHP systems utilizing IC engines, Stirling
engines, Brayton cycle engines, and micro-Rankine cycle engines as prime movers.
The authors conclude that natural gas-fueled reciprocating IC engines provide the best
benefits vis-à-vis fuel conversion efficiency and load-following, but they also face
technical hurdles in terms of heat transfer, incomplete combustion, and pumping and
friction losses, which become more pronounced for small-scale engines.
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Chapter 2
Low-Temperature Natural Gas
Combustion Engines

Sotirios Mamalis

Abstract Advanced or low-temperature combustion engines have shown the
potential to achieve high fuel conversion efficiency with minimal emissions for-
mation and therefore can provide solutions for future powertrain systems.
Numerous advanced combustion concepts have been explored, including both
spark-ignited and compression-ignited concepts, and each one has been investigated
using different liquid or gaseous fuels. This chapter will discuss the potential of
using natural gas as a fuel for future advanced combustion engines and will present
the associated benefits and challenges. The low carbon-to-hydrogen atom ratio of
natural gas can enable a highly efficient combustion process with low CO2 for-
mation; its chemical composition mitigates soot formation during combustion, and
its high octane number enables high compression ratio operation of spark-ignited
engines with good knock resistance. However, the low reactivity of natural gas
inhibits the compression ignition of lean fuel–air mixtures, and any combustion
inefficiency may result in direct methane emissions in the exhaust. These charac-
teristics have led researchers to investigate lean natural gas combustion using
prechambers (jet ignition), high-pressure direct injection (HPDI) of diesel and
natural gas mixtures, micro-pilot injection concepts with premixed natural gas and
direct-injected diesel fuel, as well as kinetically controlled and low-temperature
combustion concepts such as Homogeneous Charge Compression Ignition (HCCI)
and Reactivity Controlled Compression Ignition (RCCI) combustion. This chapter
will discuss the use of natural gas in the HCCI and RCCI combustion concepts and
analyze the associated benefits and challenges.
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2.1 Introduction

Worldwide fuel economy and emissions regulations have prompted research and
development on internal combustion engines that can achieve higher fuel conver-
sion efficiency and lower emissions formation compared to currently available
spark-ignition (SI) and diesel engines. Numerous advanced combustion concepts
have been proposed in the literature, primarily originating from Homogeneous
Charge Compression Ignition (HCCI), which was first proposed by Najt and Foster
in 1983 (Najt and Foster 1983). The HCCI concept combines the homogeneous
charge of premixed SI engines with the compression ignition of diesel engines to
create a lean burn concept that can achieve high thermal efficiency. The lean
mixture also results in low burned gas temperature, thus preventing thermal NOx

formation during combustion. The low burned gas temperature has led many
researchers to use the term “low-temperature combustion” to describe this concept,
which has since been used to encompass other combustion concepts of similar
nature as well. HCCI combustion is achieved by creating a homogeneous and lean
fuel–air mixture and compressing it until the point of autoignition, which results in
a heat release process initiated and controlled by chemical kinetics. This process is
different from the heat release in SI engines, which is controlled by turbulent flame
propagation, as well as from the heat release in diesel engines, which is controlled
by diffusion mixing between the direct-injected fuel and the surrounding air. The
absence of a spark or direct fuel injection results in having no direct control of the
start of combustion in HCCI engines. Therefore, ignition timing can only be con-
trolled indirectly, by controlling the air/fuel ratio of the mixture, the dilution level,
and the initial mixture temperature.

The HCCI concept has been demonstrated through experimental testing in
single-cylinder optical and metal engines (Epping et al. 2002; Sjöberg et al. 2004;
Sjöberg and Dec 2004, 2005, 2007; Silke et al. 2009), as well as in light-duty and
heavy-duty commercial engine platforms (Christensen et al. 1997; Olsson et al.
2001, 2002; Christensen and Johansson 2000; Hyvönen et al. 2003; Haraldsson
et al. 2002, 2003, 2004; Zhao et al. 2003) using gasoline and diesel fuels.
Experimental results have shown that HCCI combustion can be achieved at very
lean mixtures with high compression ratio resulting in high thermal efficiency as
well as low NOx and no soot formation. However, the homogeneous nature of the
mixture results in bulk autoignition, and rapid heat release rate and pressure rise rate
in the cylinder, which limits the maximum attainable load. In addition, igniting a
lean fuel–air mixture by compression alone requires charge heating, which can be
accomplished either by intake air preheating or by residual gas trapping in the
cylinder (Chang et al. 2007; Babajimopoulos et al. 2009; Olesky et al. 2012;
Mamalis et al. 2012).

In order to mitigate the high heat release rates of HCCI combustion, researchers
have proposed techniques to introduce thermal and compositional stratification to
the mixture and thus stagger the autoignition process. Partial fuel stratification
(PFS) is one technique proposed by Dec et al. (2011, 2015), Sjöberg and Dec
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(2006), Yang et al. (2011a, b, 2012) which utilizes split fuel injections directly into
the cylinder. By splitting the injection process into one early and one late injection,
the mixture becomes compositionally and thermally stratified resulting in staggered
autoignition throughout the combustion chamber. Direct water injection is another
technique proposed by Lawler et al. (2017), Boldaji et al. (2017, 2018), which
injects water in a premixed fuel–air mixture to forcefully stratify the thermal field in
the cylinder through the latent heat of vaporization of water and thus stagger the
autoignition process.

In addition to the methods described above, researchers have proposed the use of
two fuels to control the heat release rates of low-temperature combustion engines.
The Reactivity Controlled Compression Ignition (RCCI) concept that was proposed
by Kokjohn et al. (2011a, b), Splitter (2011), Hanson et al. (2011) combines a low
reactivity fuel injected at the port (e.g., gasoline) with a high reactivity fuel injected
directly into the cylinder to create a compositional stratification in the combustion
chamber. The mixing between the two different fuels in the combustion chamber
creates zones of different reactivity resulting in staggered autoignition and lower
heat release rates compared to HCCI. The RCCI combustion concept has been
demonstrated in light- and heavy-duty engines and has shown good controllability
and fuel conversion efficiency comparable to diesel engines (Hanson et al. 2012;
Splitter et al. 2011; Klos et al. 2015; Kokjohn and Reitz 2013; Kavuri et al. 2016;
Lim et al. 2014). The lean, low-temperature combustion process prevents thermal
NOx formation; however, the direct fuel injection of the high reactivity liquid fuel
results in some particulate emissions albeit at considerably lower levels than con-
ventional diesel combustion.

Research on low-temperature combustion concepts such as HCCI and RCCI has
been primarily focused on using gasoline and diesel fuels due to their widespread
commercial use. However, a number of studies have focused on exploring
advanced combustion with natural gas, as an alternative to liquid fuels that can
provide solutions for sustainable future transportation and power generation.

Natural Gas HCCI Combustion

HCCI combustion with natural gas has been explored for use in heavy-duty
vehicles, locomotives, and stationary power generation. However, the high
Research Octane Number (RON) of natural gas requires higher compression ratio
and/or higher heat addition to the fuel–air mixture to achieve autoignition compared
to gasoline. Aceves et al. performed CFD simulations with detailed chemistry of a
supercharged HCCI engine using methane and investigated the effect of com-
pression ratio on combustion (Aceves et al. 1999). It was found that combustion
could be well controlled through equivalence ratio and the trapped Residual Gas
Fraction (RGF), but high-speed cylinder pressure sensing was necessary for control.
The high load limit of the engine was posed by peak cylinder pressure and NO
formation. Flowers et al. continued this modeling study using actual natural gas
composition and investigated the effect of varying fuel composition on HCCI
combustion (Flowers et al. 2001). HCCI combustion was found to be sensitive to
natural gas composition, and active control is required in order to compensate for
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changes in composition typical throughout the world. Changes in natural gas
composition may shift the peak heat release timing by as much as 10 Crank Angle
Degrees (CADs), with significant effects on efficiency and emissions formation.
The concentration of propane and butane present in natural gas can significantly
affect HCCI combustion. Three control strategies were proposed: (i) adding
Dimethyl Ether (DME) to the fuel–air mixture, (ii) intake gas preheating, and
(iii) using hot Exhaust Gas Recirculation (EGR), which were found to be effective
in controlling the heat release rate over a wide range of operating conditions.

Fiveland et al. performed experimental testing and modeling on a heavy-duty
natural gas HCCI engine operating at 1000 rev/min and u of 0.3 in order to
examine the sensitivity of HCCI combustion to fuel composition (Fiveland et al.
2001). The presence of higher order hydrocarbons increased the reactivity of the
mixture and reduced the temperature of autoignition. Butane had a sensitivity of
2.5 °C/%, propane had 1.5 °C/%, and ethane had 1.0 °C/%. Based on the experi-
mental results, it was concluded that fluctuations in natural gas composition may
result in high-speed or low-speed effects on engine performance.

Olsson et al. performed a similar experimental study using a Volvo TD100
heavy-duty engine modified for natural gas HCCI combustion and also performed
modeling of the same engine to study the effect of compression ratio on combustion
(Olsson et al. 2002). Hydrogen enrichment was used to control combustion phasing
on a cycle basis. Compression ratio was varied from 15:1 to 21:1, but was found to
have a small effect on the heat release rate. High compression ratio resulted in
higher peak cylinder pressures but also enabled the engine to operate leaner and
reduce NOx formation. Overall, the compression ratio should be high enough to
enable lean operation with low NOx at high load, but also offer good control
authority at maximum load.

Yap et al. studied the effects of hydrogen addition on natural gas HCCI com-
bustion using a light-duty research engine with residual gas trapping (Yap et al.
2004). The hydrogen was produced using an exhaust-assisted reformer, and it was
introduced into the cylinder as hydrogen-rich EGR. The addition of hydrogen in the
fuel–air mixture resulted in lower intake air preheating requirement for autoignition.
However, even with the addition of hydrogen, some intake air preheating was
required in combination with residual gas trapping. The benefit of hydrogen in
reducing the autoignition temperature was more effective at low loads; however, the
addition of hydrogen resulted in higher cylinder temperatures at high load and
higher NOx compared to pure natural gas HCCI. In subsequent experiments, Yap
et al. utilized low-temperature exhaust gas fuel reforming to produce reformate gas
with up to 16% hydrogen by volume (Yap et al. 2006). This reformate gas was
recirculated to the intake and mixed with the fresh natural gas–air mixture to control
autoignition. It was confirmed that the addition of hydrogen reduced the intake air
preheating requirement for autoignition.

The engine-reformer closed-loop operation showed that the hydrogen addition
also promoted stable HCCI operation and extended the low load limit without
reducing combustion efficiency. NOx emissions decreased with the addition of
hydrogen-rich reformate gas; however, CO and unburned hydrocarbon emissions
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(UHC) increased. The addition of hydrogen also had minor benefits on the indicated
specific fuel consumption (Fig. 2.1). The water content in the exhaust gas con-
tributes to the increase of hydrogen production in the reformer and thus offsets the
energy loss due to the oxidation reactions.

Soylu modeled a natural gas HCCI engine using a zero-dimensional model to
investigate the combustion characteristics and phasing strategies (Soylu 2005).
Controlling the equivalence ratio, and temperature and pressure conditions at Intake
Valve Closing (IVC), is critical for controlling combustion phasing and can be
achieved through Variable Valve Actuation (VVA), Variable Compression Ratio
(VCR), and EGR. However, increasing the EGR fraction was found to reduce the
maximum attainable thermal efficiency and load. The addition of propane to natural
gas–air mixtures was also found to be effective in controlling combustion phasing,
albeit being a low-speed control alternative. Provided that good combustion
phasing control is achieved, fuel conversion efficiency of 45% can be achieved at
IMEPn of 4–5 bar.

Natural gas HCCI engines have also been considered for stationary power
generation, including distributed generation and Combined Heat and Power
(CHP) systems. Kobayashi et al. investigated the potential of using a 50 kW natural
gas HCCI engine in a CHP system and performed experimental testing, first on a
single-cylinder research engine and then on a four-cylinder turbocharged engine
(Kobayashi et al. 2011). Experimental results indicated that the load range of
turbocharged HCCI can exceed that of naturally aspirated SI engines (Fig. 2.2).
When the peak cylinder pressure is limited, high thermal efficiency with extremely
low NOx can be achieved by raising the engine compression ratio and limiting the
boost pressure. The four-cylinder turbocharged HCCI engine achieved 43.3% brake
thermal efficiency at 0.98 MPa bar Brake Mean Effective Pressure (BMEP) with
13.8 ppm of engine-out NOx emissions (Fig. 2.3), which confirmed the potential of

Fig. 2.1 Specific fuel consumption for natural gas HCCI combustion supplemented with 10 and
15% hydrogen, as presented by Yap et al. (2006)
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natural gas HCCI to provide high efficiency and low emissions for CHP
applications.

Djermouni et al. investigated turbocharged natural gas engines by performing
thermodynamic analysis including energy and exergy calculations (Djermouni and

Fig. 2.2 Brake thermal efficiency and load range for naturally aspirated SI, HCCI, and boosted
HCCI operation, as presented by Kobayashi et al. (2011)

Fig. 2.3 Performance of a
four-cylinder, natural gas,
turbocharged HCCI engine, at
1800 rev/min, compression
ratio 21:1, and intake pressure
of 2 bar, as presented by
Kobayashi et al. (2011)
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Ouadha 2014). Increasing the compressor pressure ratio resulted in increased
thermal and exergetic efficiencies; however, increasing the intake temperature to
facilitate autoignition resulted in reducing both efficiencies. The lean,
low-temperature HCCI combustion resulted in high exergy loss during combustion,
thus increasing the equivalence ratio increased the exergetic efficiency. Overall,
exergy analysis was useful in understanding the losses associated with the gas
exchange and combustion processes and designing natural gas HCCI engines for
maximum efficiency.

Judith et al. also performed numerical simulations of a light-duty, natural gas
HCCI engine for cogeneration applications and focused on identifying the inter-
actions between engine speed, compression ratio, air/fuel ratio, residual gas trap-
ping, and intake air preheating on enabling HCCI combustion over a wide operating
range (Judith et al. 2017). Model predictions showed that natural gas HCCI com-
bustion could be achieved at compression ratio of 25:1 to 31:1, but ignition timing
at the highest compression ratios was more difficult to control. By varying the air/
fuel ratio and the Residual Gas Fraction, the autoignition timing was greatly
influenced by the heat capacity of the mixture, its reactivity, and the oxygen con-
centration. In a similar fashion to HCCI combustion with liquid fuels, operation
with natural gas depended heavily on compression ratio and intake temperature.

Sofianopoulos et al. also investigated natural gas HCCI combustion for dis-
tributed power using a small free-piston linear alternator concept (Sofianopoulos
et al. 2017). The free-piston engine was modeled using three-dimensional
Computational Fluid Dynamics (CFD) with detailed chemistry in order to iden-
tify the gas exchange, mixture preparation, and combustion processes required for
HCCI combustion with natural gas. The free-piston engine was modeled to operate
at a constant frequency of 20 Hz, which resulted from the mass of the reciprocating
components as well as from the requirements posed by the linear alternator. The
ports of the free-piston engine were designed to eliminate short-circuiting of fresh
mixture from the intake to the exhaust and to trap more than 50% of residual gas in
order to enable autoignition of the lean natural gas–air mixture. Natural gas HCCI
operation was simulated for ten consecutive cycles, and the heat release rate and
cylinder pressure are shown in Fig. 2.4. The free-piston engine was operated at
effective equivalence ratio of 0.32 with residual gas trapping, which resulted in
modeled combustion efficiency of 97.3% and gross indicated efficiency of 38.1% at
1 kW power output.

Dual-Fuel Advanced Natural Gas Combustion

Although HCCI combustion with natural gas has been demonstrated experimentally
and its efficiency and emissions benefits have been documented, the high heat
release rates during combustion limit the achievable upper and lower engine load.
In order to reduce the heat release rates, researchers have utilized dual-fuel com-
bustion that introduces compositional stratification to the air–fuel mixture and
results in a staggered autoignition process. Stanglmaier et al. performed experi-
mental testing on a heavy-duty, John Deere 8.1 L PowerTech natural gas engine,
which was modified to operate on dual-fuel HCCI combustion at low to moderate
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loads (Stanglmaier et al. 2001). The engine was equipped with port fuel injectors,
which were used to inject Fischer–Tropsch (FT) naphtha fuel enhanced with
1000 ppm of Ethyl Hexyl Nitrate (EHN) to improve its autoignition characteristics.
The liquid fuel supplemented the lean natural gas–air mixture introduced upstream
in the intake manifold. Dual-fuel HCCI operation was achieved from idle to 5.5 bar
BMEP, which corresponded to about 35% of the peak engine torque. Fuel blending
was an effective way to control the heat release rates in HCCI mode, which were
considerably higher than SI operation. HCCI operation resulted in up to 15% fuel
conversion efficiency benefits compared to SI operation and a simultaneous
reduction of NOx by 95–99%. However, HCCI operation resulted in higher CO and
UHC emissions than SI operation at the same conditions.

Papagiannakis et al. performed experimental testing of dual-fuel natural gas–
diesel combustion on a single-cylinder DI diesel engine (Papagiannakis and
Hountalas 2004). The engine was operated using a premixed natural gas–air mix-
ture and direct injection of a small amount of diesel fuel to control autoignition.
Dual-fuel operation resulted in lower heat release rate and pressure rise rate com-
pared to conventional diesel combustion. At low loads, dual-fuel operation showed
lower fuel conversion efficiency than diesel, but high load operation was equally
efficient. In all cases, dual-fuel operation exhibited low-temperature combustion
characteristics, which resulted in lower NOx formation compared to conventional
diesel combustion.

Kong studied natural/DME HCCI combustion using CFD with detailed chemical
kinetics and compared the modeling results against experimental data from a
single-cylinder Yanmar diesel engine modified for dual-fuel operation (Kong 2007).

Fig. 2.4 Simulated cylinder pressure and heat release rate of a single-cylinder, natural gas,
free-piston HCCI engine operating with residual gas trapping at effective equivalence ratio of 0.32,
as presented by Sofianopoulos et al. (2017)
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Natural gas and DME were premixed upstream in the engine intake manifold, and
DME was used as an additive to the fuel–air mixture to promote autoignition.
Modeling results showed that HCCI combustion is facilitated by the addition of
DME, and by increasing the DME concentration, the low-temperature heat release
increases and drives the autoignition of the mixture. The modeling results were used
to establish engine operating limits at different concentrations of natural gas and
DME in the mixture (Fig. 2.5). As the natural gas concentration increased, the
operating range becomes narrower and HCCI combustion becomes unstable.

Nieman et al. performed CFD simulations of a heavy-duty RCCI engine oper-
ated with natural gas and diesel (Nieman et al. 2012). Natural gas was used as a
replacement for gasoline as the low reactivity fuel, because its higher RON created
larger reactivity gradient between the two fuels when mixed in the cylinder.
A broad speed and load range were investigated; six operating points from 4 to
23 bar IMEPn and 800 to 1800 rev/min were optimized, which represent typical
heavy-duty engine operating conditions. Using a compression ratio of 16:1, it was
determined that operation up to 13.5 bar IMEP can be achieved without EGR,
while still maintaining high efficiency and low emissions. Natural gas/diesel
operation was compared against gasoline/diesel operation at 9 bar IMEPn and was
found that in the natural gas/diesel gases 90–95% of UHC emissions were methane.
The sensitivity of high load RCCI combustion to injection parameters was exam-
ined, and the results showed that precise injection control is necessary.

Fathi et al. performed experimental testing on a single-cylinder CFR engine
operated in HCCI mode with n-heptane/natural gas fuel (Fathi et al. 2011) and
focused on understanding the effects of EGR on combustion phasing control. The

Fig. 2.5 Predicted operating limits for a dual-fuel natural gas–DME HCCI engine at different
natural gas and DME concentrations, as presented by Kong (2007)
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fuel blend was premixed and introduced at the engine intake manifold.
Experimental data showed that EGR reduced the bulk cylinder temperature as well
as the pressure rise rate and peak pressure during combustion. EGR also delayed
autoignition and increased the burn duration due to its effect on the physical and
chemical properties of the mixture (Fig. 2.6). However, in the cases where EGR
resulted in considerably delayed combustion phasing, the thermal efficiency was
reduced. Although EGR reduced the peak cylinder temperatures and thus reduced
NOx formation, it had an adverse effect on CO and UHC emissions.

Doosje et al. also performed experimental testing of RCCI combustion in a
six-cylinder, 8.0 L, heavy-duty engine, using natural gas as the low reactivity fuel
and cooled EGR (Doosje et al. 2014). The engine was used to explore the operating
limits of RCCI combustion. Experimental results showed that RCCI operation
could be achieved between 1200 and 1800 rev/min, 2 and 9 bar BMEP, with
engine-out NOx and soot emissions that satisfied the Euro VI emissions regulations.
UHC emissions were high, but the high exhaust gas temperature was suitable for
using an oxidation catalytic converter. The effect of diesel injection timing on the

Fig. 2.6 Effect of EGR on the heat release rate of n-heptane/natural gas HCCI combustion, as
presented by Fathi et al. (2011)
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heat release was investigated, and experimental results showed that when the start
of injection (SOI) was advanced beyond 34 CAD before TDC, further advancement
resulted in delayed heat release rate, an indication of operation in the RCCI regime.
For all operating points considered, the engine thermal efficiency in RCCI mode
was comparable to or better than conventional diesel combustion. Total UHC was
high, but 80–85% of them comprised of methane. For the operating conditions
examined, any methane number (MN) variation in the 70–100 range had negligible
effects on RCCI combustion.

Zoldak et al. performed a computational study on RCCI combustion using
natural gas as the low reactivity fuel on a 15.0 L heavy-duty diesel engine (Zoldak
et al. 2014). The trade-offs between fuel consumption, pressure rise rate, peak
cylinder pressure, and emissions formation were examined, and the results showed
that RCCI combustion had the potential for 17.5% NOx reduction, 78% soot
reduction, and 24% decrease in fuel consumption compared to conventional diesel
combustion at the rated power condition using the same air–fuel ratio and EGR
level. Modeling results showed that the amount of diesel fuel injected directly into
the cylinder dictated the mixture reactivity and thus the combustion phasing and
pressure rise rate. The maximum pressure rise rate and peak pressure increased
compared to conventional diesel combustion, but both were within acceptable limits
for engine durability. The large reduction in soot formation in RCCI mode resulted
from the lower level of mixture stratification compared to conventional diesel, as
well as from having natural gas as the low reactivity fuel.

Similar studies were performed by Dahodwala et al., who focused on analyzing
experimental RCCI combustion data on a heavy-duty diesel engine operated at
6 bar BMEP and different speeds (Dahodwala et al. 2014, 2015). The study eval-
uated the impact of various control variables, such as natural gas substitution rate,
EGR rate, and injection strategy on achieving RCCI combustion, and thereby
establishing a framework for identifying the in-cylinder mixture properties required
for RCCI. Experimental data were also collected at 14 bar BMEP in order to
investigate high load RCCI operation as well. A CFD model with detailed chem-
istry was also used to support the analysis of experimental data. Increasing the
natural gas substitution resulted in delayed combustion phasing and lower burn rate,
and also increased CO and UHC emissions. Combustion phasing and burn duration
could also be controlled through the EGR rate, although increasing EGR resulted in
lower combustion efficiency. Increasing the amount of diesel fuel injected in the
cylinder led to more mixture stratification and advanced combustion phasing. The
injection strategy dictates the combustion mode of the engine, and the timing of
injection changes with engine speed. For conventional diesel combustion, NOx

emissions were higher at lower engine speeds. However, for RCCI combustion NOx

emissions were higher at higher engine speeds. Reduced engine speed in RCCI
mode also reduced CO and UHC emissions.

Kakaee et al. used CFD modeling to study the effects of natural gas composition
and engine speed on combustion and emission characteristics of natural gas/diesel
RCCI combustion (Kakaee et al. 2015). RCCI combustion was found to be sen-
sitive to fuel composition and engine speed. Specifically, the Wobbe number
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(WN) of the fuel affected the ignition timing and burn rates. Higher WN resulted in
higher peak cylinder pressure and temperature, higher NOx emissions, but lower
CO and UHC emissions. Gas with lower WN exhibited lower heat release rate,
which resulted in lower combustion efficiency at high engine speeds. Overall, gas
with higher WN was found to be beneficial for efficiency and emissions at high
engine speed operation. The same group studied the effects of piston bowl geometry
on combustion and emissions of natural gas/diesel RCCI engine using CFD
modeling (Kakaee et al. 2016). Three different piston bowl geometries were stud-
ied: a conventional reentrant bowl for diesel operation, a bathtub-shaped, and a
cylindrical bowl (Fig. 2.7). Modeling results showed that the piston bowl geometry
did not affect RCCI combustion at low engine speeds, but had an increasing effect
as engine speed increased. By increasing the bowl depth, cylinder pressure and
temperature increased, which in turn increased NOx emissions. CO and UHC
emissions were minimized at bowl depth of 1 mm. Also, by increasing the piston
chamfer size, the cylinder pressure and temperature increased, which again
increased NOx but also increased the gross indicated efficiency. Using a chamfered
ring-land can reduce UHC emissions particularly at chamfer sizes greater than
3 mm.

Fig. 2.7 Simulated cylinder velocity (m/s) cutplanes at −20° ATDC, TDC, and 20° ATDC, for
three different piston bowl profiles for natural gas/diesel RCCI combustion, as presented by
Kakaee et al. (2016)
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Jia et al. performed experimental testing of natural gas/diesel RCCI combustion
on a single-cylinder AVL 501 heavy-duty diesel engine and focused on analyzing
the effects of diesel injection timing and duration on combustion at 1200 rev/min
and 9 bar BMEP (Jia and Denbratt 2015). Experiments were conducted at two
compression ratio levels, 14:1 and 17:1. It was found that reducing the compression
ratio to 14:1 had favorable effects on combustion phasing control and NOx emis-
sions, but increased UHC emissions. The lower compression ratio resulted in longer
ignition delay times, longer combustion duration, and also lower heat release rate.
Delaying the injection of diesel fuel made the fuel–air mixture more stratified,
which reduced the ignition delay and increased the burn rate. Overall, it was shown
that RCCI combustion with low NOx and almost zero soot emissions can be
achieved, albeit with high UHC emissions which can be treated in the emissions
control system.

Paykani et al. performed a similar study on investigating injection strategies for
natural gas/diesel RCCI combustion, using CFD modeling (Paykani et al. 2015).
Direct-injected diesel was split into two injections, and it was shown that the timing
of each injection as well as the fuel fraction split has significant effects on RCCI
combustion. Delaying the second injection was found to increase mixture stratifi-
cation, local fuel reactivity, and burned gas temperatures, which advanced com-
bustion phasing and increased NO and soot emissions as well as the ringing
intensity. Similar effects were seen by increasing the amount of diesel fuel injected
in the second injection. The injection timing and duration also played a role when
engine speed was increased, because the available time for fuel–air mixing was
reduced. Therefore, as engine speed increased, the peak pressure and temperature
decreased, which resulted in later combustion phasing and increased CO and UHC
emissions. The simulated mid-load case had over 50% gross indicated efficiency,
with low NOx and soot without using EGR. Combustion phasing could be accu-
rately controlled through the ratio of the natural gas and diesel, as well as through
the ratio of diesel fuel split between the two direct injections. Additionally, it was
found that the large difference in reactivity between natural gas and diesel helped
the engine to achieve low pressure rise rate.

Ansari et al. used experimental testing of a 1.9 L diesel engine and CFD
modeling to map the efficiency and emissions of light-duty natural gas/diesel RCCI
combustion (Ansari et al. 2016). The engine was operated at speeds of 1300–2500
rev/min and loads of 1–7 bar BMEP. Operation was limited to 10 bar/deg of
maximum pressure rise rate and 6% Coefficient of Variation (COV) of IMEP. The
engine operating envelope was explored by varying the natural gas/diesel blend
ratio, the diesel injection fuel split and timing, and the EGR amount. More than
80% of the required fuel energy input in RCCI mode was provided from natural
gas. Experimental results showed that the pressure rise rate is very sensitive to the
pilot injection timing and the fuel split ratio between the two direct injections. At
low loads, RCCI combustion provided brake thermal efficiency equivalent to or
lower than diesel; however, as speed and load increased, the efficiency increased as
well. The maximum recorded brake efficiency for RCCI combustion was 39% at
2500 rev/min and 6 bar BMEP, compared to 34% for conventional diesel
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combustion. Up to 92% reduction in NOx was achieved through precise control of
the injection parameters. The majority of the RCCI operating points had exhaust
gas temperature below 450 °C, which is a typical light-off temperature for methane
oxidation catalysts. Therefore, the low exhaust gas temperature and the high CO
and UHC emissions present a major challenge for the commercial adoption of
natural gas/diesel RCCI engines.

Hockett et al. focused on developing a reduced chemical kinetics mechanism for
performing detailed chemistry calculations of natural gas/diesel dual-fuel engines
(Hockett et al. 2016). In this mechanism, natural gas is modeled as a mixture of
methane, ethane, and propane, while diesel is modeled as n-heptane. The mecha-
nism consists of 141 species and 709 reactions and has been validated against
experimental premixed laminar flame speed measurements of CH4/O2/He mixtures,
ignition delay and lift-off length from a diesel spray experiment in a constant
volume chamber, and also against dual-fuel engine experiments using CFD simu-
lations. The results showed that this mechanism accurately reproduces the chemical
kinetic behavior of larger detailed mechanisms and captures the laminar flame
speeds at high pressure, the ignition delay and lift-off length of the diesel experi-
ment, and the heat release rate in the engine experiments. Also, this reduced
mechanism is able to accurately model varying natural gas reactivity without
relying on rate constant tuning.

Poorghasemi et al. performed CFD simulations with detailed chemical kinetics
to study the effect of diesel injection strategies on natural gas/diesel RCCI com-
bustion in a light-duty engine (Poorghasemi et al. 2017). The parameters that were
varied in the simulations included the premixed ratio of natural gas, the diesel fuel
fraction split between the first and second injection, the timing of the two injections,
the injection pressure, and the spray included angle. The modeling results showed
that by increasing the premixed ratio of natural gas, the mixture reactivity is
reduced, resulting in increased ignition delay and lower heat release rates. The
diesel injection strategy has significant effects on RCCI combustion because it
controls the local reactivity of the mixture. As the direct injections are moved
toward TDC, the local reactivity of the mixture increases the temperature during
combustion by raising the local equivalence ratio. Increasing the amount of diesel
fuel injected in the first pulse resulted in higher heat release rates and cylinder
pressure. However, more diesel fuel is accumulated in the crevice volume and on
the cylinder wall, which increased CO and UHC emissions. By increasing the spray
angle, more fuel was burned in the centerline of the spray and the squish region of
the combustion chamber. However, by decreasing the spray angle, more fuel was
burned in the cylinder bulk. The latter results in higher CO and UHC emissions
generated near the cylinder walls, as well as higher NOx formation due to locally
richer zones that result in higher burned gas temperature.

Rahnama et al. used CFD modeling to investigate natural gas/diesel RCCI
combustion in a heavy-duty engine and focused on investigating the effects of using
hydrogen, reformer gas, and nitrogen on combustion (Rahnama et al. 2017). The
lower reactivity of natural gas compared to gasoline resulted in compromised
engine performance at low loads, but the addition of hydrogen or syngas (reformer
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gas) as additives can improve the combustion process at low loads (Fig. 2.8). They
can increase the combustion and thermal efficiencies and significantly reduce the
UHC and CO formation. However, high values of hydrogen and syngas were found
to increase cylinder temperature and thus NOx emissions.

The modeling results showed that adding hydrogen or syngas to RCCI com-
bustion increases the combustion efficiency and is more favorable than increasing
the fuel fraction of the direct-injected diesel, because the latter increases soot for-
mation. The ignition delay and start of combustion were not significantly affected
by the addition of hydrogen or syngas, and it can be well controlled by the diesel
fuel fraction and the intake temperature. Medium load operation was not greatly
benefited by the additive gases, despite the fact that thermal efficiency was
increased, and UHC and CO emissions were reduced compared to the baseline
RCCI engine.

Gharehghani et al. performed an experimental study of RCCI combustion with
natural gas and biodiesel derived from waste fish oil, using a single-cylinder
Ricardo E6 diesel engine (Gharehghani et al. 2015). The properties of the biodiesel
used in their study are shown in Table 2.1, along with diesel and natural gas.

The waste fish oil biodiesel has higher cetane number and oxygen content than
conventional diesel, which resulted in higher heat release rates and more stable
combustion in natural gas/biodiesel RCCI operation. Figure 2.9 shows the heat
release rates for conventional diesel and RCCI combustion modes using diesel,
biodiesel, and natural gas. The higher heat release rate in natural gas/biodiesel
RCCI combustion led to 1.6% higher gross thermal efficiency than the natural gas/

Fig. 2.8 Impact of hydrogen addition on the heat release rate and cylinder pressure of a
heavy-duty natural gas/diesel RCCI engine, as presented by Rahnama et al. (2017)
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diesel RCCI, as well as higher combustion efficiency and marginally lower heat
transfer losses.

Based on experimental results, the waste fish oil biodiesel was found to be a
good alternative to diesel, with great potential for CO reduction in RCCI mode,
especially at medium and high loads. RCCI combustion using premixed natural gas
with either diesel or biodiesel was found to have significantly lower NOx formation
than conventional diesel combustion.

Table 2.1 Properties of
waste fish oil biodiesel, diesel,
and natural gas used for RCCI
engine experiments, as
presented by Gharehghani
et al. (2015)

Parameter Biodiesel Diesel NG

Content of C (%) 82.06 84.2 –

Content of H (%) 8.64 15.7 –

Content of O (%) 9.3 <0.1 –

Flash point (PM, °C) 164–173 74–76 –

Density (15 °C, kg/m3) 870–880 830 –

Kinematic viscosity (40 °C,
mm2/s)

4.142 3.4 –

Cetane index 51.5 50 –

Low heating values (MJ/kg) 41 43.15 45

Methane (Mole. %) – – 90.30

Ethane (Mole. %) – – 4.28

Propane (Mole. %) – – 0.63

Butane (Mole. %) – – 0.08

Nitrogen (Mole. %) – – 3.6

Fig. 2.9 Heat release rate for conventional diesel and RCCI combustion modes in a
single-cylinder engine, using diesel, biodiesel, and natural gas, as presented by Gharehghani
et al. (2015)
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Bekdemir et al. performed multi-zone modeling of natural gas/diesel RCCI
combustion and focused on deriving real-time, map-based models that can be used
for RCCI control system development (Bekdemir et al. 2015). The multi-zone
model was used to extract trends of control-relevant quantities, such as CA10,
CA50, peak cylinder pressure, peak pressure rise rate, and NOx emissions, as
functions of the start of injection, fuel blend ratio, and engine speed. Overall, the
model was able to capture the right trends as functions of the control variables,
which can be used for future control system development. However, the model
showed sensitivity to the initial temperature of the mixture, which can be addressed
by investigating cylinder-to-cylinder and cycle-to-cycle variations.

Advanced and dual-fuel combustion concepts using natural gas have shown
great potential for efficiency gains and emissions reduction, but are also susceptible
to abnormal combustion phenomena such as knock and Low-Speed Pre-Ignition
(LSPI). LSPI has typically been associated with downsized, boosted SI engines, but
Zaccardi et al. discussed the occurrence of LSPI in diesel–methane CI engines
(Zaccardi and Serrano 2014). The LSPI occurrence in dual-fuel engines has been
linked to the diesel pilot start of injection, which can vary and thus affect the
temperature of exhaust gases and in-cylinder trapped burned gases. However, the
causes of LSPI in CI engines can be multiple and complex to identify. The com-
bustion process of CI dual-fuel engines is radically different than SI engines in
terms of mixture preparation and ignition, thus the mechanisms causing LSPI in SI
engines (overheated spark plugs, liquid fuel films, and fuel-oil interactions) may not
necessarily apply to CI engines. The sources of LSPI in CI diesel–methane engines
have been mainly associated with local spontaneous gas phase autoignition, orig-
inating from hot residual gases and temperature heterogeneity in the combustion
chamber (Zaccardi and Serrano 2014).

Kirsten et al. presented a study on advanced knock detection in diesel/natural gas
engines and introduced a novel methodology using the in-cylinder pressure and the
knock sensor data (Kirsten et al. 2016). Their methodology accounted for variation
in multiple parameters such as diesel rail pressure, start of injection, amount of fuel
injected, equivalence ratio, intake air temperature, methane number, compression
ratio, and load. Based on these parameters, they developed an algorithm that can
distinguish between individual knocking and normal cycles, while considering the
premixed and diffusion phases of CI combustion.

2.2 Summary and Future Outlook

The experimental and modeling studies discussed in this chapter have shown that
natural gas can be used as a fuel for low-temperature combustion engine concepts
such as HCCI and RCCI. Specifically, the lower reactivity of natural gas compared
to gasoline makes it suitable for dual-fuel advanced combustion concepts, in which
the natural gas is paired with a high reactivity fuel such as diesel or biodiesel. In
these applications, natural gas can be used to create a background fuel–air mixture
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for lean, low-temperature combustion with high thermal efficiency and low soot,
NOx, UHC, and CO formation. These characteristics can enable advanced natural
gas and dual-fuel engines to provide solutions for future transportation and power
generation systems. The low reactivity of natural gas makes the implementation of
single-fuel HCCI engines challenging; however, dual-fuel diesel/natural gas engi-
nes are already used in stationary power generation and locomotive applications
and have strong potential to be used in heavy-duty on-highway and off-highway
applications.

The main challenge of advanced natural gas combustion is associated with
unburned fuel (or natural gas slip), which is manifested as methane emissions in the
exhaust and needs to be treated in low-temperature aftertreatment systems. Another
challenge is the identification and prevention of abnormal combustion phenomena
such as knock and LSPI, which are different in nature than those observed in SI
engines. Despite these challenges, advanced natural gas engines have strong
potential for use in transportation and power generation in the future. Making
advanced natural gas engines widely commercially available will result in direct
reduction of CO2 emissions, as well as reduced dependence on liquid petroleum
fuels.
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Chapter 3
The Ultra-Lean Partially Stratified
Charge Approach to Reducing
Emissions in Natural Gas Spark-Ignited
Engines

L. Bartolucci, E. C. Chan, S. Cordiner, R. L. Evans and V. Mulone

Abstract Lean-burn natural gas engines can be used to reduce exhaust emissions
significantly. However, as the mixture is leaned out, the occurrence of extinction
and incomplete combustion increases, resulting in poor performance and stability,
as well as elevated levels of unburned hydrocarbon (UHC) and nitrogen oxides
(NOx) emissions. The partially stratified charge (PSC) method can be used to
mitigate these issues, while extending the lean misfire limit (LML) beyond its
equivalent, homogeneous level. In this chapter, the PSC ignition and combustion
processes are examined following a comprehensive experimental and numerical
approach. Experiments are conducted in an idealized PSC configuration, using a
constant volume combustion chamber (CVCC), to identify the principle enabling
mechanisms of the PSC methodology. Engine tests conducted in a single-cylinder
research engine (SCRE) demonstrate the feasibility of various PSC implementa-
tions in improving performance and emission characteristics in real-world settings.
Complementary numerical analyses for the CVCC are obtained through large eddy
simulations (LES), while Reynolds-averaged Navier–Stokes (RANS) simulations
are conducted for SCRE with reduced chemical kinetics. The corresponding
simulated results provide additional insights in characterizing the effect of fuel
stratification on flame kernel maturation and flame propagation, the interplay
between chemistry and turbulence at different overall air–fuel ratios, as well as
formation of major pollutant species.
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Keywords Natural gas combustion � Spark ignition (SI) engine
Lean combustion � Stratified charge � High efficiency � Low emissions

Roman Symbols

Do Injector nozzle diameter (mm)
E Energy (kJ)
f Arbitrary function
H Energy content of air–fuel mixture (kJ)
k Turbulent kinetic energy (m2/s2)
Ke Jet entrainment constant (–)
Le Turbulent integral length scale (mm)
me Entrained jet mass (mg)
mfuel Mass of fuel (in air–fuel mixture) (mg)
mo Injected jet mass (mg)
p Pressure (bar)
p Power in Lp combination (–)
SL Laminar flame speed (m/s)
t Time (s)
t0 Time at start of injection (s)
T Temperature (K)
uʹ Turbulent velocity fluctuation (m/s)
Uo Jet velocity at nozzle (m/s)
V Volume (cc)
z Jet penetration distance (mm)
Z Normalized energy release (–)

Greek Symbols

c Ratio of specific heats (–)
C Jet penetration constant (–)
dL Laminar flame brush thickness (m)
e Dissipation rate of turbulent kinetic energy (m2/s3)
/ Fuel–air ratio relative to stoichiometric level (–)
k Air–fuel ratio relative to stoichiometric level (–)
l Mean value of an observable
lj Mixing ratio between entrained and injected mass (–)
q∞ Density of ambient gas (kg/m3)
q0 Density of injected gas (kg/m3)
qb Density of burned gas (kg/m3)
qu Density of unburned gas (kg/m3)
r Standard deviation of an observable
s Normalized time (–)
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Acronyms and Abbreviations

abs Absolute (pressure level)
AMR Adaptive mesh refinement
AS After spark onset
ASOI After start of injection (ms)
BFSC Brake-specific fuel consumption (g/kWh)
BMEP Brake-specific mean effective pressure (bar)
B/ATDC Before/after top dead center
CAD Crank angle degree (°)
CFD Computational fluid dynamics
(C)NG (Compressed) natural gas
CoV Coefficient of variation (%)
CVCC Constant volume combustion chamber
DNS Direct numerical simulation
HR(R) Heat release (Rate) (kJ (/s))
I/EVC Intake/exhaust valve closed
I/EVO Intake/exhaust valve open
IMEP Indicated mean effective pressure (bar)
LES Large eddy simulation
LML Lean misfire limit (–)
LPG Liquefied petroleum gas
MBT Mean best torque
MFB Mass fraction burned (%)
NOx Nitrogen oxides (i.e., NO + NO2)
PaSR Partially stirred reactor
PM Particulate matter
PSC Partially stratified charge
RANS Reynolds-averaged Navier–Stokes
RNG Renormalization group
RPM Revolutions per minute
S/EOI Start/end of injection (ms)
SCRE Single-cylinder research engine
T/BDC Top/bottom dead center
TCI Turbulence chemistry interaction
TKE Turbulent kinetic energy (m2/s2)
(U)HC (Unburned) hydrocarbon
WOT Wide-open throttle
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3.1 Introduction

Natural gas (NG; CNG for the compressed variety) is a viable alternative to con-
ventional fossil fuels. Passenger vehicles fueled with CNG produce over 25% less
carbon dioxide (CO2) per driven kilometer than its gasoline counterpart (Helmers
2009; Prieur and Tilagone 2007). For heavy-duty applications, CNG engines are
shown have significant reductions in specific emissions for regulated and
non-regulated pollutants compared to their diesel equivalents. Particularly for nitro-
gen oxides (NOx), the emission level can be decreased from 2.79 g/kWh for Diesel to
0.992 g/kWh for CNG. Similar improvements can also be seen for particulate matters
(PM), which can be reduced from 79.5 mg/kWh (Diesel) to 1.53 mg/kWh
(CNG) (Ntziachristos and Samaras 2016). The introduction of lean-burn strategies
in natural gas combustion processes further minimizes CO2 and other emissions,
while extending operating range with limited power losses through throttling.

The main challenge, however, pertains to stabilizing CNG combustion processes
beyond its lean misfire limit (LML). Promoting turbulent mixing, for instance,
through modifying piston bowl topology, may partially address the issue (Evans and
Blaszcyk 1998). Amore common approach, however, involves facilitating a rich fuel
region and igniting the mixture in its vicinity. This allows a more sustainable flame
kernel development, as the excess energy release from the richer mixture provides
support to the flame propagating into the leaner, unburned mixture. Normally, fuel
stratification is achieved by staging the ignition in a small segregated region, known
as the prechamber, connected to the combustion chamber (Esfahanian et al. 2017;
Shah et al. 2015). This has been shown to stabilize lean natural gas combustion
substantially, through turbulence production (Arcoumanis et al. 1997) from the
resulting flame jet and the availability of reactive radicals (Chung et al. 2003) in the
combustion chamber. Alternatively, fuel stratification can also take place in the
absence of the prechamber. In the partially stratified charge (PSC) ignition strategy
(Evans 2000), a small amount of fuel is injected near the ignition zone in the com-
bustion chamber. Thus, stabilization of flame kernel growth and subsequent flame
propagation can be achieved with a higher level of fuel stratification. A number of
studies (Chicka 2012; Logan 2011; Reynolds and Evans 2004) have demonstrated
the feasibility of the PSCmethodology, in various implementations, on extending the
lean operating range without throttling under engine conditions.

This chapter details a comprehensive experimental and numerical approach on
the fundamentals and application of PSC, beginning with an overview on engine
combustion stability and its stochastic treatment. This is followed by a discussion of
the principal enabling mechanisms of the PSC technology, or more generally, spark
ignition in a spatially stratified environment, as well as the aero- and thermody-
namic interactions between the stratified fuel injection and the ambient environ-
ment. An idealized PSC arrangement is then examined experimentally in a constant
volume combustion chamber (CVCC), where accompanying results obtained
through large eddy simulations (LES) provide additional insights in terms of
mixture formation mechanisms and flame front development. The experimental and
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numerical analyses will be further applied to an engine environment, in which the
PSC system is deployed to a single-cylinder research engine (SCRE), along with
results from various PSC implementations.

3.2 Lean Misfire Limit

Misfire is a phenomenon occurring in spark-ignited engines where the combustion
process is prematurely terminated, either due to extinction before the end of the
combustion cycle or when the combustion process is still ongoing when the charge is
evacuated into the exhaust stream. Misfires have a negative impact on engine power
output and produce additional unburned hydrocarbon (UHC) and nitrogen oxides
(NOx). In engine conditions, it is often instructive to define a misfire limit as a
statistical diagnostic indicator, where the occurrences of misfire over a representative
number of engine cycles are deemed significant. A common definition for the misfire
limit is based on the coefficient of variation (CoV) of engine performance indicators
such as indicated mean effective pressure (IMEP), as shown in Eq. (3.1):

CoVIMEP ¼ r
l

� �
IMEP

ð3:1Þ

where l and r are the mean and standard deviation, respectively, for an observable
parameter, in this case the IMEP. A generally accepted criterion for misfire consists
of a threshold, usually set to 10% (Heywood 1989) or 5% (Reynolds and Evans
2004) of the CoV, sometimes thresholds as low as 2% (Daniels and Scilzo 1996)
can also be used.

Under identical engine configuration and operating conditions, the CoV is likely to
be higher while running on leaner air–fuel mixtures than in near stoichiometric mix-
tures. The available heat released from the combustion process and the associated
reaction rate decrease in leaner mixtures, leading to a reduction in flammability and
flame front stability (Ahmed and Mastorakos 2006; Ahmed et al. 2007). The maximum
air–fuel ratio above which the misfire limit is exceeded is known as the lean misfire
limit, or LML. Figure 3.1 shows a typical CoV on the IMEP over a range of relative
air–fuel ratios (k) for a natural gas spark-ignited engine, where the LML determined to
be k = 1.58 for the 10% CoV criterion, and 1.55 for the 5% criterion. It can be seen
from Fig. 3.1 that the transition from stable to unstable combustion is rapid and distinct
as the relative air–fuel ratio increases. Therefore, the onset of misfire can be determined
by using an Lp combination of the asymptotic parameterization for the pre- and
post-misfire behaviors of the CoV (Churchill and Usagi 1972):

CoV kð Þ ¼ f p0 kð Þþ f p1 kð Þ� �1
p; ð3:2Þ
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where f0(k) and f1(k) are the parameterized functions for the pre- and post-misfire
regions, respectively, and p is an arbitrary blending coefficient, and it is equal to
two in this case. The value of k at the intersection between f0(k) and f1(k) can be
interpreted as the onset of misfire, and the CoV can be determined evaluating
Eq. (3.2) at the corresponding k value. Using this method, the onset is found to be
located at k = 1.51, with a corresponding CoV of 2.12%. This is also close to the
2% misfire criterion used in reference (Daniels and Scilzo 1996).

A more comprehensive approach, however, involves inspecting the distribution of
IMEP and timing of cylinder peak pressure, as shown in Fig. 3.2, where the data of a
spark-ignited, homogeneous charge natural gas engine operating at 2000 RPM at
different air–fuel ratios (Reynolds and Evans 2004) are presented. The corresponding
values for CoV on IMEP are 0.9% for k = 1 and 21.6% for k = 1.54. The individual
misfired engine cycles from the sample can be identified using statistical classification
techniques such as k-means clustering (Lloyd 1982). The number of misfired cycles
for k = 1.54 is determined to be 24% of all cycles, while the associated CoV on
IMEP is 21.6%, well beyond the standard criteria for misfires (i.e., 5% and 10%
CoV). In addition, these misfired cycles correspond to two modes. First are misfires
due to ignition failure, characterized by a near-zero IMEP. This implies inability for
the flame kernel to reach maturity and propagate into the bulk mixture. The second
mode is partial combustion due to a slow burn rate, as suggested by low-to-moderate
IMEP values for the corresponding combustion cycles.

Fig. 3.1 Determining the LML of an exemplary spark-ignited natural gas engine using
CoV IMEP. The onset for misfire, as well as the 5 and 10% LML criterion, has been identified.
Key: 〇: Test bench measurements, ■: identified misfire limits, - -: asymptotic pre- and
post-misfire parameterizations, ─: Lp combination of parameterized asymptotes
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3.3 Strategies for Combustion Stabilization

Based on the observations from Fig. 3.2, stabilizing combustion in lean-burn
conditions requires a combination of mitigating strategies aimed at reducing the two
modes of misfires. First and more obvious, thermal support must be provided to
foster flame kernel maturation to prevent ignition failure. Furthermore, additional
measures should be in place to promote penetration of the flame front into the bulk
mixture once the flame kernel reaches maturity. These theoretical considerations
will be discussed below.

3.3.1 Stabilizing Flame Kernel Maturation

During the initial stages of spark ignition, the electric spark produces a high-
temperature plasma at the ignition zone and forms an expanding flame front, initiating
the combustion process. This developingflame front is knownas theflame kernel. As it
expands, the growth rate of the flame kernel is sensitive to the local flow and mixture
composition in its vicinity (Abdel-Gayed and Bradley 1985; Johansson et al. 1995).
Thus, the term flame kernel maturity (Eichengerber and Roberts 1999) is used to
describe this phase of combustion process. The maturity of the flame kernel can be
rudimentarily inferred from the pressure history of the combustion event, defined by an
arbitrary but reasonable level of initial mass fraction burned (MFB) (Aleiferis et al.
2003; Kalghatgi 1985). Typically, this corresponds to the first 5 to 10% of MFB.

Alternatively, flame kernel maturity can be conceptualized to be bounded by the
Kolmogorov and integral length scales (Herweg and Maly 1992), which supports the

Fig. 3.2 Distribution of IMEP and peak pressure crank angle of 100 consecutive engine cycles for
a homogeneous charge, spark-ignited natural gas engine operating at 2000 RPM with a k = 1.00 at
half throttle and b k = 1.61 at full throttle. The coefficients of variation on the IMEP are 0.90 and
21.6% respectively. Adopted from (Reynolds and Evans 2004)
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notion that a matured flame kernel further expands at a fully-developed turbulent
flame speed (Bradley et al. 1994; Tan and Reitz 2006). Therefore, the flame kernel is
considered to have reached maturity when it is sufficiently large to be advected to the
remaining mixture in a self-sustained manner (Chen and Ju 2007; Deshaies and
Joulin 1984). This critical size can be based on a characteristic length scale (Herweg
and Maly 1992; Tan and Reitz 2006) or volume (Andreassi et al. 2003; Kuo and
Reitz 1992). In the presence of turbulence, this critical scale can be derived from the
integral length scale (Fan and Reitz 2000; Song and Sunwoo 2000).

The initial spherical flame kernel undergoes deformation, known as wrinkling, in
the turbulent flow field (Eichengerber and Roberts 1999), and the likelihood of
extinction increases as the flame kernel grows and becomes progressively sensitive
to turbulent vortices at the lower frequency spectrum (Jenkins et al. 2006). Further,
since the kernel expansion speed depends in part on the laminar flame speed,
turbulence is more likely to hinder flame kernel development in lean-burn than in
stoichiometric conditions (Ho and Santavicca 1987). Based on studies on ignition
limits in homogeneous charge under turbulence (Abdel-Gayed and Bradley 1985;
Herweg and Maly 1992), a criterion for stable flame kernel maturation for natural
gas/air mixtures is derived (Chan et al. 2011):

dL
15Le

� �1
2 u0

SL

� �3
2

\1; ð3:3Þ

where dL is the laminar thickness of the kernel flame front, Le is the local integral
length scale, u′ is the local mean turbulent fluctuation, and SL is the local laminar
flame speed. The time for a flame kernel to reach maturity asymptotically increases
as the criterion set forth in Eq. (3.3) approaches unity, indicating that wrinkling is
too severe to sustain flame kernel growth (Chan et al. 2011).

Traditionally, this has been remedied through the use of stratified charge ignition
methods, that is, the flame is initiated at a location of favorable fuel concentration and
propagated over an adverse concentration gradient. A number fundamental studies
involving spark ignition in stratified environments (Kang and Kyritsis 2005; Pires da
Cruz et al. 2000;Richardson et al. 2010) indicated that the heat released from the richer
mixture upstreamprovides enhancement, termedback support, to the advancingflame
front, which results in a higher effective flame speed than the mixture at its equivalent,
homogeneous concentration. This enhancement is particularly effective in stratified
methane–airflames than heavier hydrocarbon such as propane and n-heptane (Pires da
Cruz et al. 2000; Shi et al. 2017). This is due to a local increase in production of H and
OH radicals, as well as intermediate hydrocarbon species such as CH2O, resulting
from the high ratio of hydrogen-to-carbon atoms, thus providing additional reaction
pathways. Consequently, the combination of these mechanisms also extends the lean
flammability limit of the air–fuel mixture in a stratified environment. For laminar
methane–air flames, an extension of the lean limit to k = 2.85 can be observed (Kang
and Kyritsis 2005), while for the turbulent natural gas flame jets, an extension from
k = 1.6 to beyond k = 2.0 is achieved (Chan 2010).
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3.3.2 Stratified Air–Fuel Mixture Formation

While typical spark-ignited engines operate in homogeneous mixtures, spatial and
temporal variations of fuel concentration can be introduced directly to the engine
cylinder under stratified operation. In particular, for the PSC operation, pilot fuel is
injected in the vicinity of the ignition zone, producing a fuel-rich region along the
trajectory of the injection. In addition to providing thermal back support, as pre-
viously discussed, the injection also results in flame stretch and wrinkling, which
could further affect combustion quality.

Gaseous fuel injection is a transient, compressible, and turbulent phenomenon,
where the injected fuel mass has a different composition than the ambient mixture.
For ease of understanding the physical processes of mixture formation, the fuel
injection could be conceptualized as a spheroidal “vortex ball” containing both the
injected fuel and entrained ambient gas, trailed by a conical jet (Turner 1963), such
as that illustrated in Fig. 3.3. The evolution of the injection can be summarily
described by its penetration length, its maximum extent from the center of the
injection nozzle. The entrainment of the fuel jet can be effectively regarded as the
mixing ratio between the injected fuel mass and the mass of entrained ambient gas.
At the early stages of the injection process, the injected fuel mass is greater than the
entrained mass, and the mixing of the injected fuel with ambient gas takes place at
the tip of the injection (Cossali et al. 2001), which forms a vortex ring. As the
injection proceeds, the entrained mass begins to dominate the jet composition, and
the entrainment mechanism shifts from the mixing at the tip vortex to shear
interaction in the trailing jet. Toward this limit, the jet also exhibits self-similar
behavior. In an axisymmetric geometry, this self-similarity phase takes place from
10 to 20 nozzle diameters downstream of the jet nozzle, as observed by the
empirical studies (Hill 1972; Ouellette and Hill 2001; Witze 1980).

Universal profiles can be derived to describe its mean radial velocity and con-
centration profiles at any point of time along the central axis (Hussein et al. 1994;

Fig. 3.3 An idealized illustration of a fuel jet with the vortex ball interpretation
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Wygnanski and Fiedler 1969). In particular, an analytical model for jet penetration
has been proposed for a self-similar turbulent gaseous axisymmetric jet for a
wide-range injection-to-ambient pressure ratio, including underexpanded jets
(Ouellette and Hill 2001):

z ¼ C
p
4

� �1
2 q0

q1

� �1
2

D0U0t

" #1
2

; ð3:4Þ

where z is the axial penetration of the jet relative from a virtual origin, the geo-
metrical apex of the conical jet, q0 and q∞ are the densities of the injected gas and
the ambient mixture, respectively, D0 is the nozzle diameter, U0 is the velocity of
the jet at the nozzle, t is the time elapsed from the start of injection, and C is a
penetration factor and is reported to be 3.08 (Ouellette and Hill 2001). Note that the
term (q0/q∞)1/2D0 is also known as equivalent diameter, an effective length scale
accounting for difference in said densities. Further, based on empirical observations
on steady, turbulent jets (Ricou and Spalding 1973), a linear relationship between
penetration and entrainment, termed entrainment coefficient, Ke, has been proposed
(Hill 1972):

Ke ¼ d _me

dz

� �
q0
q1

� �1
2 D0

_m0

� �
; ð3:5Þ

which is dependent on the injection mass flowrate, ṁ0, as well as the aforemen-
tioned equivalent diameter. In the axisymmetric, self-similar limit, Ke can be shown
to assume a constant value of 0.32 (Hill 1972). This is later also confirmed to be the
asymptotic limit for transient jets (Cossali et al. 2001).

In addition to stratification of fuel concentration, i.e., back support, the injection
also introduces aerodynamic strain of the flame front. The intermittent nature of fuel
pocket distribution is reflected in the stochastic treatment of ignition behavior
(Alvani and Fairweather 2002; Birch et al. 1981; Effelsberg and Peters 1983).
Accordingly, this affects the probability of flame kernel maturation and the sub-
sequent flame propagation of the mixture at a local level (Ahmed et al. 2007). For
laminar jet flames, negative flame stretch can be observed in cases where a rich
mixture is injected into a lean, homogeneous mixture, effectively increasing flame
propagation rate and thus with a stabilizing effect (Balusamy et al. 2014). Similar
observations are also made with the direct numerical simulation (DNS) of a lifted
jet flame (Ruan et al. 2014). However, in a bluff-body configuration (Ahmed and
Mastorakos 2006; Ahmed et al. 2007), for a non-premixed gaseous fuel jet, the
probability of ignition, that is, whether the ignition results into a sustained flame
propagation, rapidly decreases downstream of the stoichiometric contour formed by
the jet and surrounding mixture, particularly near the vortex tip of the jet, due to
local straining and dilution.
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3.4 Idealized PSC Injection/Ignition Process

To observe and identify the principal enabling mechanisms of the PSC ignition
technique, and more generally non-premixed spark-ignited combustion, in a quan-
tifiable and adjustable manner, an optically accessible, constant volume combustion
chamber (CVCC) is constructed, such that the PSC injection and ignition processes
can take place in an idealized, controlled environment. The fuel mixture stratification
occurs solely between the PSC injection and the initially quiescent, bulk homoge-
neous mixture. In order to reduce geometrical interference as well as minimizing
conduction heat loss, particularly during flame kernel maturation, sharpened thin-wire
electrodes are used in lieu of an automotive spark plug. The ignition zone is kept
along the axis of symmetry of the PSC jet to minimize effects of intermittent fuel
concentration near the edge of the PSC jet (Ahmed and Mastorakos 2006; Smith et al.
1988). This also preserves the symmetry of the injection and subsequent combustion
characteristics. A schematic of the idealized PSC system is presented in Fig. 3.3.

3.4.1 Constant Volume Combustion Chamber

The interior of the CVCC consists of a cylindrical volume with a bore of 80 mm
and a height of 50.8 mm. The total displacement of the CVCC is 369 cm3. Four
optical ports are in orthogonal arrangement around the cylindrical central axis.
The PSC injection and spark ignition also take place along this axis. The PSC fuel
is injected through a capillary tube of diameter 0.571 mm into the combustion
chamber. The electrodes (0.406 mm diameter), located 10 mm downstream of the
capillary tube nozzle, maintain a 1 mm spark gap to ascertain sufficient energy to
reach electrical breakdown (Paschen 1889). The operative dimensions of the CVCC
are summarized in Table 3.1.

Figure 3.4 shows the general schematic of the mixture preparation and fuel
delivery system for the CVCC. Both air and CNG originate from intensified
sources. A partial pressure approach is used to prepare the bulk mixture and obtain
the target overall air-to-fuel ratio. The pressure of the bulk mixture is kept at 7 bar

Table 3.1 Operative dimensions of the CVCC

Bore diameter (mm) 80

Bore height (mm) 50.8

Chamber volume (cc) 369

Number of view ports 4

View port diameter (mm) 50.8

PSC injector nozzle diameter (mm) 0.571

Spark electrode gap (mm) 1

Spark location from nozzle (mm) 10
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(abs.). The CNG composition is obtained daily using a gas chromatography ana-
lyzer. The pressure of the PSC fuel line is regulated at 10 bar (abs.) throughout.
Based on mass flow measured data (see following section), the amount of PSC
charge injected is 0.35 mg, that is less than 0.6% of the bulk charge at k = 2.0.
The PSC injection and ignition events are captured visually using Z-type Schlieren
motion photography at a frame rate of 0.1 ms. The instantaneous chamber pressure
is measured and recorded through static and dynamic pressure transducers.

3.4.2 Preignition Characterization of PSC Injection

The mass of PSC fuel injected from a line pressure of 10 bar (abs.) into a bulk
mixture at 7 bar (abs.) is equal to 0.354 mg. Using the Schlieren images, the
preignition characteristics of the PSC fuel jet can be visually inspected. The extent
of the fuel jet at each recorded time can be identified in an automated manner using
common image processing techniques such as edge detection (Canny 1986). The
injection duration of the PSC jet under said CVCC operating conditions is 9.9 ms
over 120 samples. The Schlieren images of the PSC injections at various stages are
presented in Fig. 3.5. It can be seen that early in the injection, the jet exhibits near
cylindrical trailing core and a substantially larger vortex tip section, suggesting
entrainment at the tip. This persists to until about 1.0 ms, in which the trailing
section begins to assume a conic shape, reminiscent of entrainment in the jet tail. By
2.0 ms, the PSC jet transitions into the fully-developed regime.

Figure 3.6 shows the quantification of the mean penetration history over 120
PSC injection events in the CVCC. The injection time (after SOI) is normalized by

Fig. 3.4 Schematic of the CVCC fuel and air delivery system
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Fig. 3.5 Schlieren images of a PSC injection event in the CVCC at a 0.5 ms, b 1.0 ms, c 2.0 ms,
and d 4.0 ms after SOI

Fig. 3.6 Normalized penetration history of the PSC jet. Key: 〇 CVCC Schlieren visualization,
─ self-similar jet penetration model in Eq. (3.4)

a time constant, (q0/q∞)1/2 D0/U0, based on the effective diameter and the injection
velocity at the nozzle. Meanwhile, the jet penetration is normalized by the nozzle
diameter. The analytical jet penetration model (Ouellette and Hill 2001) in Eq. (3.4)
is also included for comparison. It can be seen that, for the PSC jet, the transition to
a self-similar regime takes place at approximately 20 nozzle diameters, as indicated
by the comparison with the analytical model.

3.4.3 Enhancement Strategies of PSC Combustion

The test scenarios for the CVCC ignition experiments are summarized in Table 3.2.
A range of overall air–fuel ratios between 1.2 and 2.0 is considered. A set of
homogeneous cases (NO PSC) serves as baseline to the PSC runs. To successfully
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ignite the CVCC bulk mixture with the PSC injection, two spark timings are
contemplated: at the start of injection (SOI) and at the end of injection (EOI � 1).
An additional PSC ignition strategy is also introduced (EOI � 2), in which a
second PSC injection takes place 10 ms following spark ignition at the EOI � 1
timing. Note that for the homogeneous scenarios, the spark-ignited flame kernel
fails to reach maturity at k = 1.8 and 2.0. Further, for the EOI � 2 cases, no
significant improvement can be observed in relation to the corresponding EOI � 1
cases for cases where k < 1.6. These results are not presented.

The instantaneous pressure history and the corresponding Schlieren motion
images of each sample point are recorded. The energy release during combustion
process is calculated with the following relationship for a constant volume process:

DE ¼ V
c� 1

� �Z t

t0

d
dt
p tð Þdt; ð3:6Þ

where DE is the sensible energy release, V is the volume of the CVCC, c is the ratio
of specific heats for natural gas (c = 1.32), p(t) is the instantaneous pressure, and t0
is the time of spark onset. As no energy is released from the air–fuel mixture prior
to ignition (i.e., t � t0), the integration constant for Eq. (3.6) is zero. The heat
release results are then normalized to the following dimensionless terms:

s ¼ 1
2

qb
qu

� �
V1=3

SL

� �� 	�1

t; ð3:7Þ

and

_Z ¼ 1
2

qb
qu

� �
V1=3

SL

� �� 	
D _E
H

� �
; ð3:8Þ

where Ż stands for the normalized energy release rate, H is the energy content of the
overall mixture in the CVCC, while qb/qu denote the ratio between the burned and
unburned gas densities, and SL is the laminar flame speed of the overall mixture.
The mixture-specific quantities, SL, H, and qb/qu, are calculated for the experi-
mental operating temperature, pressure and air–fuel ratios. These are shown in
Table 3.3. Also note that, as the PSC fuel mass is 0.534 mg, the PSC injection
represents about 0.4% of the total fuel mass at k = 2.0, and about 0.25% at k = 1.2.

Table 3.2 Test matrix for the PSC CVCC experiments

k 1.2 1.4 1.6 1.8 2.0

NO PSC � � � – –

SOI � � � � �
EOI � 1 � � � � �
EOI � 2 – – � � �
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For the EOI � 2 scenarios, the level of stratification through PSC is accordingly
doubled.

Table 3.4 shows the normalized energy release for all cases obtained by
Eq. (3.6) and is illustrated in Fig. 3.7. The normalized energy release is indicative
of the amount of total available energy that has been converted through the com-
bustion process. There are two factors accounting for the rapid decrease of heat
release with increasing air–fuel ratios. First is the increased heat loss to the sur-
rounding unburned mixture and the combustion chamber surface due to a slower
burn rate. The second factor is that the combustion process can be prematurely
terminated. This is particularly prominent in the SOI cases, where the energy
release is drastically diminished beyond k = 1.6, while both EOI cases achieve
substantially higher levels.

The energy release rate profiles can be further explained from the instantaneous
energy release rates as shown in Figs. 3.8 and 3.9. For k = 1.6 (Fig. 3.8), the initial
flame kernel growth is comparatively slower in the EOI � 1 spark timing, due to a
much richer but relatively slow-moving mixture near the spark ignition zone,
reducing the flame speed. However, as the flame kernel approaches maturity, the
existing stratified mixture field from the PSC injection forms a preferential prop-
agation path for the flame front. Nevertheless, both PSC cases have a peak energy
release rate lower than the homogeneous case. On the other hand, based on the total
energy release data on Table 3.4, the final heat release for all cases is very close
together, suggesting that the decrease in the peak heat release rate in the homo-
geneous case is a result of a laminar flame development slower, than the PSC cases.

The benefits of the PSC injection become more apparent as k is further
increased. Upon ignition, the flame propagates again along the preferential fuel
concentration gradient set forth by the PSC jet at k = 1.6 (Fig. 3.8), instead of
directly expanding through the bulk mixture. This gives rise to a first, lower peak in
energy release rate. As expected, the SOI injection allows a faster rise to the peak,

Table 3.3 CVCC combustion characteristics at different air–fuel ratios at a chamber pressure of
7 bar (abs.)

k 1.2 1.4 1.6 1.8 2.0

mfuel (mg) 145.8 126.5 111.6 99.91 90.42

SL (cm/s) 11.62 7.026 4.543 3.092 2.192

H (kJ) 7.159 6.209 5.481 4.906 4.440

qb/qu ( ) 0.1372 0.1353 0.1360 0.1784 0.1913

Table 3.4 Normalized energy release for all cases

k 1.2 1.4 1.6 1.8 2.0

NO PSC 0.6259 0.5484 0.4801 – –

SOI 0.6377 0.5859 0.5940 0.2837 0.08,698

EOI � 1 0.6299 0.5822 0.5481 0.4333 0.2994

EOI � 2 – – 0.5797 0.4980 0.3568
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and the EOI � 1 reaches peak pressure somewhat later due to the lack of aero-
dynamic momentum from the injection, though both result in significant boost in
bulk mixture energy release rate, as indicated by the second peak, compared to the
homogeneous case. Under EOI � 2, however, the second PSC injection provides
additional fuel as well as momentum for the existing flame front, increasing the

Fig. 3.7 Normalized heat
release of the CVCC
experiment across different
air–fuel ratios

Fig. 3.8 Instantaneous
CVCC energy release rate for
all cases at k = 1.6
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peak bulk mixture energy release rate. While the normalized combustion duration
for the homogeneous case is 1.945 (566.2 ms), in the PSC cases the reduction in
combustion duration is nearly twofold, down to 1.072 (312.2 ms) for SOI and
EOI � 1, and 0.992 (288.9 ms) for EOI � 2.

This trend continues to k = 2.0 (Fig. 3.9), where the homogeneous case data are
unavailable due to failure for the flame kernel reach maturity. The seemingly shorter
combustion duration for the SOI indicates premature termination. Again, the two
peaks appear again in all PSC cases, signifying the primary ignition of the PSC jet
and the subsequent propagation of the flame front into the bulk air–fuel mixture. This
is particularly important for air–fuel ratios under which stable combustion cannot be
achieved with a homogeneous mixture. Also, as shown from the difference in heat
release rate behavior between SOI and EOI � 1, back support remains a primarily
enabling factor, where the initial peak in heat release rate for the EOI � 1 case almost
equals that of the second peak. The aerodynamic forces, indicative by the second
injection of the EOI � 2 case, provide additional enhancement.

3.4.4 Large Eddy Simulation of Idealized PSC Injection
and Ignition

Experimental observations on the CVCC are complemented with results obtained
from detailed computational fluid dynamics (CFD) analyses, using the large eddy
simulation (LES) approach to provide additional information in mixture formation
and flame front development. To this aim, the open source code OpenFOAM

Fig. 3.9 Instantaneous
CVCC energy release rate for
all cases at k = 2.0
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(Weller et al. 1998) is used. To model combustion reactions numerically, methane
is used as the working fuel, and a single-step reaction mechanism is considered
(Westbrook and Dryer 1984). The computational domain for the CVCC is repre-
sented by an unstructured mesh with different levels of local refinement. The
computational mesh used for modeling the injection consists of 3.4 million cells,
with the cell size of 0.015 mm at the finest level. A much finer grid is used for
combustion modeling, with cell sizes ranging from 0.03 mm to 0.48 mm, giving a
total of 10.5 million cells. Further information about the numerical setup can be
found in Bartolucci et al. (2018).

Figure 3.10 shows the comparison between the experimental Schlieren images
and the numerical density gradient from the LES simulations for homogeneous
spark ignition. The numerically computed isotherms at 900 K, the autoignition
temperature of methane, are superimposed on the Schlieren images representing the
flame front location. Both sets of results are in excellent agreement. Continuing
with the comparison, Fig. 3.11 shows the LES results with corresponding Schlieren
results for the PSC scenarios from k = 1.2 and k = 2.0 for the EOI � 1 case. As
with Fig. 3.10, the 900 K isotherms have been superimposed on the corresponding
Schlieren images, and the numerical results are illustrated using simulated Schlieren
(i.e., density gradient). Excellent agreement can again be observed between the two
sets of results. More importantly, this is indicative of the ability of the LES
approach to capture the flame front development as it transitions from a laminar to a
turbulent flow regime. At the same air–fuel ratio and timing after spark ignition, it is
evident that the flame surface area under PSC is much larger than that of the
homogeneous case. The flame topology is also elongated and corrugated resulting
from the PSC jet. Figure 3.11 also shows similar enhancement characteristics for
the k = 1.8 and k = 2.0, where extinction occurs in homogeneous conditions.

To further understand the stabilizing effects of the PSC injection, ensemble data
are obtained from eight LES runs at k = 1.6. Random, low-intensity turbulent
vortices have been introduced as perturbations for the initially quiescent flow field.
The radial turbulent kinetic energy (TKE) distributions 11 mm below of the PSC
injection nozzle for the different simulations are presented in Fig. 3.12 at different
times after the start of the injection. Although the ensemble average data, evaluated
only with eight samples, begin to exhibit a Gaussian profile, the intermittency in the
TKE profiles for each individual simulation is evident, confirming previous
observations (Alvani and Fairweather 2002; Effelsberg and Peters 1983). More
importantly, the variation in turbulent kinetic energy at the ignition zone changes
the wrinkling which the flame kernel undergoes during expansion, affecting its
likelihood to reach maturity (Chan et al. 2011). In other words, different spark
timings during the injection period, which in ensemble indicate stable flame kernel
maturation, could lead to extinction on an individual basis.

Figure 3.13 illustrates the individual LES cases at k = 1.6 and their comparison
to the experimental results. The numerical results are different due to the pertur-
bations in boundary conditions, and similar general topologies are retained across
all simulations, however. The dispersion of the flame front between the different
LES simulations also increased as the flame expanded over time, indicative of the
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thermal diffusion, that is, thickening of the flame brush at leaner mixtures. In
addition, the comparison with the corresponding Schlieren images shows very good
agreement. It is worth mentioning that, despite possible stochastic effects between
different LES simulations, a reasonable prediction of the flame front can still be
achieved using a single LES realization (Bartolucci et al. 2018).

Fig. 3.10 Comparison between experimental and simulated Schlieren results for homogeneous
cases at (left) k = 1.2, (middle) k = 1.4, and (right) k = 1.6. Computed isotherms at 900 K have
been superimposed on the experimental images (Bartolucci et al. 2018)

Fig. 3.11 Comparison between experimental and simulated Schlieren results for PSC cases from
k = 1.2 to k = 2.0. Computed isotherms at 900 K have been superimposed on the experimental
images (Bartolucci et al. 2018)
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3.5 PSC Implementation in Engine Conditions

The PSC ignition concept has been implemented for use under engine conditions
with different configurations, which have been tested on a Ricardo Hydra
single-cylinder research engine (SCRE). A first-generation implementation, con-
sisting of a modified automotive spark plug for PSC injection, has been contem-
plated in various works (Reynolds and Evans 2004; Reynolds et al. 2005). This
subsequently led to further numerical studies, validated using measurement to
provide additional information such as engine performance and pollutant formation.
Additional design modifications have also been introduced to improve PSC per-
formance. This included the PSC insert (Logan 2011), allowing better mixture
characteristics of the PSC charge around the spark ignition zone without modifying
the spark plug. Meanwhile, the application of the double-injection technique (Chan
2010; Chicka 2012) has been shown to further extend the lean misfire limit than
existing PSC implementations.

Fig. 3.12 Radial distribution of TKE at different times after SOI, evaluated at 11 mm from the
PSC injector nozzle. Colored lines denote individual runs with randomized initial low-intensity
turbulent vortices. Black lines represent (solid) ensemble average and (dotted) standard deviation
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3.5.1 First-Generation PSC Design

The first generation of PSC injection/ignition system consists of a modified auto-
motive spark plug, allowing CNG fuel to be delivered directly to the spark ignition
zone through a capillary tube, metered by a solenoid valve. The overall imple-
mentation of said PSC system can be found in Fig. 3.14, and a summary of the
general parameters for the SCRE under homogeneous charge and PSC operating
conditions is presented in Tables 3.5 and 3.6. The PSC injection settings are cal-
ibrated to 10 CAD before spark onset to minimize brake-specific fuel consumption
(BFSC) at a given overall air–fuel ratio, while the spark timing is so determined for
each engine speed to obtain the mean maximum torque. All the conditions
homogeneous and PSC, are performed with wide-open throttle (WOT) to reduce

Fig. 3.13 Comparison between experimental and simulated Schlieren results for PSC EOI � 1
operation at k = 1.6. Computed isotherms for individual cases have been superimposed on both
sets of images (Bartolucci et al. 2018)
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power losses. The amount of PSC fuel injected into the engine is typically no more
than 5% of the total fuel mass.

The engine results are summarized in Fig. 3.15. A 10% extension of the LML,
defined at a 5% threshold on the CoV IMEP, at 2000 RPM is achieved with the
first-generation PSC implementation, from k = 1.54 to k = 1.71 (Reynolds and
Evans 2004). A corresponding increase in WOT operating range can also be
observed in terms of the brake mean effective pressure (BMEP), with little penalty
on the brake-specific fuel consumption (BSFC). In terms of emissions, the

Fig. 3.14 Schematic of the first-generation PSC spark ignition system and its implementation in
the Ricardo Hydra SCRE. From Reynolds and Evans. Adopted from (Reynolds et al. 2005;
Reynolds and Evans 2004)

Table 3.5 General specifications of the Ricardo Hydra SCRE

Working fuel CNG

Number of valves 4

Firedeck geometry Flat

Bore � stroke (mm) 81.4 � 88.9

Connecting rod (mm) 158.0

Compression ratio (mm) 9.25

Displacement (cm3) 463.3

Clearance volume (cm3) 54.7

Table 3.6 First-generation PSC injection parameters (Fig. 3.14)

Working fuel (no mixture) CNG

Capillary tube length (mm) 480

Capillary tube diameter (mm) 0.571

Inlet pressure (bar) 25

Mean mass flowrate (g/h) 40

EOI before spark (°) 10

Injection signal width (°) 8
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power-specific CO increases slightly with the introduction of PSC, although the
overall CO emission level remains low. This is likely a result of a fuel-rich region
resulting from the PSC injection, which is responsible for the majority of the CO at
the inception of the combustion process (Bikas and Michos 2018). However, a
continued reduction of NOx emissions in the PSC-extended operating range can be
noted. This is a major departure from conventional stratified charge technologies,
where NOx emissions are elevated through ignition of rich mixtures in the
prechamber (Michos et al. 2016; Thomas and Staunton 1999). The introduction of
PSC results in a sudden increase in UHC. This could be due to a lowering of
combustion of temperature during lean operation, in which not all of the natural gas
in the overall mixture could be consumed. In addition, residual CNG could acci-
dentally enter the combustion chamber through the PSC injector. Future PSC
designs are therefore contemplated to improve the injection process.

3.5.2 Numerical Simulation of First-Generation PSC
Engine Cases

A numerical framework used for the analysis is presented. The simulations are
performed with the commercial CFD package CONVERGE (Convergent Science
2008). A Reynolds-averaged Navier–Stokes (RANS) approach has been adopted
for turbulence modeling, and the renormalization group (RNG) k−e (Yakhot et al.
1992) model is used for closure. This has been shown to produce robust results in
typical engine simulations (Tanner et al. 2001). For modeling reaction chemistry, a
partially stirred reactor (PaSR) combustion model is chosen to account for the
turbulence chemistry interaction (TCI). A reduced methane mechanism (Lu and
Law 2008) involving 30 chemical species and 184 reactions has been chosen to
represent chemical kinetics. Mesh refinements are introduced near critical regions,
and adaptive mesh refinement (AMR) has been introduced to capture more accu-
rately the flame front. The base mesh resolution is 3 mm, with the finest grid size
set to 0.094 mm (PSC spark plug) and 0.375 mm (valve gap and flame front).

Simulations are conducted at k = 1.53 and k = 1.68 under homogeneous and
PSC conditions. The intake and exhaust pressure profiles are obtained from 1D
thermodynamic analysis. Each simulation is conducted for three engine cycles,
where the residual gas fraction has reached a steady value. Figure 3.16 shows the
in-cylinder pressure and heat release for all three cases. In terms of pressure trace,
the numerical data are in excellent agreement with the engine measurements. There
are, however, slight differences in the heat release. This might be due to a number
of factors, ranging from the estimation of the mixture composition in the CFD
model to the treatment of the numerical integration in the experimental model. It is
worth noting that no model calibration has been performed for the simulations.

Looking into details of flame kernel growth under PSC, Fig. 3.17 shows the
evolution of the fuel flow during the injection process. A large recirculation region
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is formed in the vicinity of the spark plug as the PSC injected fuel flows around the
spark plug. This recirculation zone is further sustained by the upward movement of
the piston, thus facilitating the formulation of a fuel-rich region. As the charge is
ignited, the additional heat released from the rich mixture provides back support to
stabilize flame kernel maturation, allowing the flame to propagate faster than under
equivalent lean homogeneous conditions. This effect is shown in Fig. 3.18a.
Furthermore, as illustrated in Fig. 3.18b, c, the PSC injection also introduces
additional turbulence and fresh fuel to support flame kernel growth at the local scale
(Bartolucci et al. 2015) until it reaches maturity, as shown in Fig. 3.18d. The
evolution of the main combustion event for the PSC cases is depicted in Fig. 3.19.
Initially, the rich fuel cloud near the spark plug forms a preferential path and directs
the flame toward the center of the cylinder, as indicated in Fig. 3.19a, b, thus
promoting the penetration of the flame front into the bulk mixture. Since the flame

Fig. 3.17 Formation of the fuel-rich region during PSC injection
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Fig. 3.18 Numerical representation of the charge ignition process

Fig. 3.19 Numerical results for flame propagation. In blue is reported the unburnt PSC fuel, in red
the flame front location (defined as the isotherm at 900 K), in orange the isotherm at 1500 K while
in yellow the high reactivity area represented by the isotherm at 2500 K
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is still traveling at high temperature and relatively high speed, the flame penetrates
the lean bulk mixture quickly, as shown in Figs. 3.19c, d. Thermal back support
persists until the end of the combustion cycle, where the flame front reaches the
cylinder walls, as indicated in Figs. 3.19e, f.

In terms of aggregated engine behavior, Table 3.7 shows a comparison between
the in-cylinder peak pressures obtained from the numerical tested cases. With a
homogeneous mixture strategy, the performance deteriorates as the charge is leaned
out. On the other hand, the peak pressure is increased for both the air-to-fuel ratios
considered under PSC, indicative of improved engine power output. However, the
improvement in peak pressure at k = 1.53 (4.27%) is much lower than at k = 1.68
(43.08%). The simulated mass fraction burned (MFB) results are shown in
Table 3.8. The durations of 0–5% MFB and the 5–95% MFB, representing kernel
maturation and flame propagation, are presented. All MFB durations decreased
through the deployment of PSC at both air–fuel ratios. Though the 5–95% MFB
shows a 10 CAD reduction for k = 1.53, the improvements in 0–5% are slight. On
the other hand, the reduction is particularly evident with k = 1.68, where the 0–95%
MFB is reduced from 154 CAD to 115 CAD. The results presented indicate the
benefit of the PSC strategy in aiding flame penetration into the bulk mixture for
moderately lean operations, and additionally in stabilizing flame kernel maturation
for ultra-lean operations.

The power-specific engine-out emissions for the major pollutants are reported in
Table 3.9, evaluated at exhaust valve opening (EVO). The amount of NOx gener-
ated is increased under PSC as compared to homogeneous cases, as the combustion
process under PSC can be maintained at a higher temperature. Despite a signifi-
cantly lower NOx output, the engine performance under homogeneous operation is
much poorer, particularly reflected into the UHC emissions at k = 1.68, where it is
74.1 g/kWh. Further, there is a slight increase in UHC for k = 1.53 under PSC. The
additional UHC is likely to originate from the rich PSC mixture, in which there is
insufficient oxygen available. A similar trend can also be observed for CO emis-
sions. As cylinder temperature is relatively low at the ultra-lean case (k = 1.68), the
CO oxidation into CO2 is almost frozen during the expansion stroke. The
deployment of PSC enables combustion to take place at higher cylinder tempera-
ture, subsequently allowing the more CO to be converted into CO2 (Bikas and
Michos 2018). Nevertheless, for the moderately lean case (k = 1.53), a greater
amount of CO is produced under PSC than homogeneous operations. This is due to
the absence of oxygen in the fuel-rich PSC injection region. Lastly, the
power-specific CO2 production is indicative of the combustion efficiency for the
four cases. At k = 1.53, the higher combustion temperature under PSC allows for

Table 3.7 Peak pressure improvement generated by PSC ignition strategy

Peak pressure (bar) Homo. PSC Change (%)

k = 1.53 33.26 34.68 4.27

k = 1.68 22.54 32.25 43.08
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longer period for CO oxidation, thereby increasing the CO2 production slightly. For
the homogeneous case at k = 1.68, engine performance has been compromised due
to misfires. Hence, the specific CO2 production is increased drastically. The
application of PSC lowers the CO2 emission to a nominal level.

The following conclusions can be drawn from the numerical simulations. First,
when the relative air-to-fuel ratio is below the LML, the PSC injection aids the
propagation of the flame into the bulk mixture. This results into a slightly higher
peak pressure, but also increases engine-out emissions at the same time. Second,
when the relative air-to-fuel ratio lies beyond the LML for homogeneous com-
bustion, the application of PSC improves engine performance significantly due to
additional stabilization of flame kernel maturation, and greatly reduces HC and CO
emissions. Engine-out NOx emissions are, however, increased as a result of higher
in-cylinder temperatures. The advantages of PSC are much more evident under
ultra-lean-burn conditions, where the combustion behavior would otherwise be
unstable at an equivalent, homogeneous air-fuel ratio.

3.5.3 Further Developments on PSC Implementation

While the first-generation PSC has demonstrated its ability to extend the LML
under engine conditions, and consequently the engine load control without throt-
tling losses, additional measures have been introduced to further improve the PSC
to bulk fuel stratification level, as well as to reduce UHC emissions under ultra-lean
operation. Initial attempts have been made, in which a mixture of varying air–fuel
ratio has been used for the PSC injection using a first-generation implementation
(Reynolds et al. 2005). Engine test results indicate a monotonic progression in all
performance and emission observables between homogeneous and pure CNG PSC

Table 3.8 Combustion duration for all the simulated cases

MFB Duration (CAD) 0–5% 5–95%

k = 1.53 Homogeneous 39 62

k = 1.53 PSC 34 52

k = 1.68 Homogeneous 55 99

k = 1.68 PSC 41 74

Table 3.9 Specific exhaust emissions for all simulated cases

Specific emissions (g/kWh) NOx UHC CO CO2

k = 1.53 Homogeneous 2.46 0.18 0.04 543.00

k = 1.53 PSC 5.23 0.20 0.19 548.00

k = 1.68 Homogeneous 0.10 74.10 2.82 684.00

k = 1.68 PSC 1.49 1.74 0.41 573.00
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(PSC injection at k = 0) engine conditions, with the most desirable outcomes
obtained using pure CNG in the PSC injection.

Following the preignition characterization of the first-generation PSC injector
(Chan et al. 2007), additional efforts have been made to improve the interaction
between the PSC jet and the bulk charge. An adjustable distributed PSC injection
mechanism, termed PSC insert, has been designed (Logan 2011). A removable
insert provides flow channels to supply PSC fuel around the perimeter of the spark
ignition region in various injection patterns, allowing better control of mixture
formation in its immediate vicinity. A schematic of the PSC insert design is pre-
sented in Fig. 3.20. An extension of LML from k = 1.53 to 1.67 can be observed
with the PSC insert while the maximum PSC fuel mass is decreased by 36.8%
(Logan 2011).

In addition, the effectiveness of the double PSC injection strategy (Chan 2010) is
has also been investigated in the Ricardo Hydra SCRE (Chicka 2012). Tests have
been performed under homogeneous, single (PSC � 1) and double (PSC � 2) PSC
injection using the insert design (Logan 2011). The stability of combustion at both
engine speeds and PSC injection strategies are presented in Fig. 3.21. The Lp

combination of asymptotic parameterizations (Churchill and Usagi 1972) is used to
identify the LML on CoV IMEP at the 5% threshold. At 1500 RPM (Fig. 3.21a),
the LML is extended to k = 1.75 for PSC � 1 and k = 1.79 for PSC � 2.
A slightly reversed trend is observed at 3000 RPM, where the LML is k = 1.72 for
PSC � 1 and k = 1.71 for PSC � 2.

This reduction can be explained in part by examining the distributions of IMEP
over the peak pressure timing (Fig. 3.22) for the two injection schemes at 1500
RPM. For PSC � 1, the CoV is 19.6% at k = 1.81 and 18.6% at k = 1.84 for
PSC � 2. Misfired cycles, identified using k-means clustering (Lloyd 1982), rep-
resent 32% of total engine cycles for both cases. Compared to PSC � 1, the
PSC � 2 strategy produces a higher IMEP for the normal (5.33 bar vs. 4.97 bar) as
well as partial combustion cycles (4.22 bar vs. 3.35 bar). The normal combustion
cycles for the PSC � 2 case are much more tightly clustered, where the standard

Fig. 3.20 Schematic of the
PSC insert
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deviation is 0.25 bar, as opposed to 0.41 bar in the PSC � 1 case. On the other
hand, the standard deviation among the misfired cycles in the PSC � 2 case is
increased relative to PSC � 1 from 0.62 bar to 1.04 bar, thus indicating a decrease
of the combustion stability overall combustion stability. This issue could be
remedied by further improving the injection timing and duration of the PSC
injection, particularly for the second injection.

Fig. 3.21 LML for single (PSC � 1) and double (PSC � 2) injection strategies at a 1500 RPM
and b 3000 RPM. Adopted from (Chicka 2012)

Fig. 3.22 Distribution of IMEP and peak pressure crank angle of 100 consecutive engine cycles
for a PSC � 1 and b PSC � 2 at k = 1.8 and 1500 RPM, respectively. The CoV for both cases is
19.8% for PSC � 1 and 18.4% for PSC � 2, respectively. The corresponding IMEPs are 4.49 bar
and 4.87 bar. Adopted from (Chicka 2012)
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3.6 Concluding Remarks

The role of the partially stratified charge (PSC) injection and ignition technique in
extending the lean misfire limit (LML) of natural-gas-fueled engines is presented, to
which a comprehensive experimental and numerical approach is adopted. The
fundamental enabling mechanisms of PSC are identified in an optically accessible
constant volume combustion chamber (CVCC) under idealized conditions.
Different spark timings and injection strategies are considered, and stable com-
bustion can be achieved for an air–fuel ratio of k = 2.0. The energy released from
the richer region under PSC provides back support to the flame front. The PSC
injection also forms a preferential path through which the flame front penetrates into
the unburned mixture, further improving the combustion characteristics of
ultra-lean mixtures. Thus, the flame propagation of ultra-lean mixtures under PSC
can take place at a greater speed than its equivalent, homogeneous air-fuel ratio
level. Corresponding numerical results obtained from large eddy simulations
(LES) further highlight the effect of turbulence on the stability of flame kernel
maturation and robustness of the flame front topology.

The PSC methodology is then applied to engine conditions in a single-cylinder
research engine (SCRE). Using a first-generation PSC implementation, an extension
of LML from k = 1.53 to k = 1.71 can be observed at 2000 RPM. This extension of
the operating range, though results in a slight increase in carbon monoxide
(CO) production, as well as a reduction of nitrogen oxides (NOx) emissions.
Multi-cycle simulations of the SCRE are conducted using a Reynolds-averaged
Navier–Stokes (RANS) approach and reduced chemical kinetics for methane
combustion. Very good agreement with the test bench results can be achieved
without model calibration. The numerical results indicate PSC enhancement
through flame propagation in moderately lean mixtures, and additionally through
stabilization of flame kernel maturation in ultra-lean mixtures. Subsequent modi-
fications, namely the PSC insert and the double-injection technique, are introduced.
The operating range is further extended, with the LML increased to k = 1.79 at
1500 RPM and to k = 1.72 at 3000 RPM.
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Chapter 4
Simulation and Modeling of Direct Gas
Injection through Poppet-type
Outwardly-opening Injectors in Internal
Combustion Engines

Abhishek Y. Deshmukh , Mathis Bode, Tobias Falkenstein ,
Maziar Khosravi , David van Bebber, Michael Klaas ,
Wolfgang Schröder and Heinz Pitsch

Abstract The obligation for the development of highly efficient and low-emission
combustion engines has renewed interest in compressed natural gas (CNG) engines
using a direct injection (DI) system. CNG has high knock resistance, and with the
use of DI, the volumetric efficiency can be increased compared to port-injected
CNG engines. Additionally, carbon dioxide and particulate emissions are lower due
to a high hydrogen-to-carbon ratio. Therefore, the DI-CNG technology has the
potential to surpass the thermal efficiency of conventional gasoline spark-ignition
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engines while producing lower emissions. However, the design of DI-CNG engines
is challenging because of gaseous and, hence, highly compressible fuel running
through small injector passages, which results in complex supersonic flows with
shocks. The supersonic gas jets emerging from the injector outlet interact with the
in-cylinder flow field, which has an impact on fuel–air mixing and combustion.
Therefore, it is essential to understand the fundamental physics of the injection
process to develop modeling strategies for DI-CNG systems and further study the
influence of direct gas injection on the in-cylinder flow field and mixing. To this
end, the current chapter is dedicated to the fundamental understanding of the gas
injection process through poppet-type outwardly-opening injectors. The DI mod-
eling strategies are discussed for the application in engine simulations. Furthermore,
the impact of gas injection on the in-cylinder flow field and fuel–air mixing is
analyzed for centrally-mounted injector configurations.

Keywords Compressed natural gas � Direct injection � Poppet-type
outwardly-opening injector � Supersonic flow � Shocks � Modeling

4.1 Introduction

Internal combustion engines (ICEs) are currently the primary power source for
ground transportation and will continue to power, at least, heavy-duty vehicles and
off-road applications in the future (Eilts 2016). With increasing restrictions on
emissions for the transportation sector, research and development efforts must be
directed toward significantly reducing engine-out emissions and improvement of
the overall efficiency of ICEs through several viable options such as efficient
combustion, exhaust after-treatment, or use of low carbon fuels. Compressed nat-
ural gas (CNG) is a highly attractive alternative low carbon fuel with high
hydrogen-to-carbon ratio and has a potential for efficient combustion.

4.1.1 Direct Gas Injection

CNG engines with port fuel injection (PFI) technology have existed for a long time.
However, CNG engines have not fully exploited their potential because of some
limitations of PFI technology, e.g., reduced drivability and potential methane
slip. The reason for reduced drivability of a PFI-CNG vehicle is lower part-load
torque compared with gasoline or diesel ICEs, which is caused by the reduction in
volumetric efficiency due to the displacement of air as CNG is injected into the
manifold. Furthermore, during the valve overlap period, the unburnt methane–air
mixture may be passed directly to the exhaust ports resulting in methane slip. The
direct injection (DI) of CNG into the cylinder shows the potential to outperform PFI
(Husted et al. 2014). Recent work, e.g., the InGas Collaborative Project (INGAS
2017), focused on the development of innovative technologies for CNG engines
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such as operating PFI and DI engines under stoichiometric and lean burn conditions
to improve efficiency. The present focus, e.g., within the GasOn project by the
European Council for Automotive Research & Development (EUCAR) (European
Council for Automotive R&D 2018), is to develop CNG-only engines to achieve
stricter emission targets.

Despite clear advantages, DI-CNG engines are not predominantly used so far
because of the challenges in their design and development. The main challenges in
the design process come from the direct gaseous fuel injection, which appears
simpler than liquid fuel injection, but is, in fact, a complex process because of the
compressible nature of the gas (Müller et al. 2013) and small complex geometries of
the injector nozzles. The gas flowing through the injector nozzle with changing area
of cross section accelerates to supersonic speeds if the pressure ratios across the
nozzle exceed critical values (typically 2–2.5). Moreover, the effects of gas injec-
tion on well-established design strategies for conventional ICEs are not well
understood. For example, the intake ports of conventional SI engines are optimized
to generate a strong tumble vortex in the cylinder. The tumble vortex accelerates by
spin-up effect and breaks into a large number of smaller eddies by piston com-
pression, which results in high turbulence near ignition timing, leading to faster
combustion (Arcoumanis et al. 1990; He et al. 2007). On the other hand, in a
compression ignition (CI) engine, a swirling flow field is desired and generated by
the swirl intake ports to aid mixing and diffusion-controlled combustion of the
injected fuel by enhancing oxidizer entrainment (Fuchs and Rutland 1998;
McCracken and Abraham 2001). Regardless of the potential application of direct
gas injection, either in an SI or in a CI engine, e.g., in a dual-fuel application, the
high-momentum gas jet strongly affects the in-cylinder flow field and mixing
(Chiodi et al. 2006; Baratta et al. 2017; Sevik et al. 2016). Therefore, it is crucial to
fundamentally understand the process of gas injection and its consequences on the
overall engine performance with existing engine designs, which will then help to
devise new design strategies for DI-CNG engines. However, the experimental
investigations of the nozzle flow and the near-nozzle gas jet are difficult due to
small injector geometries and very small flow timescales. Furthermore, the injected
gas jet is highly fluctuating and dynamically interacts with the in-cylinder flow
field, making it difficult to measure the velocity field and mixing experimentally.
Therefore, predictive simulations are integral to the design and development of
DI-CNG systems. A first step toward the understanding of the direct gas injection is
to perform resolved simulations of the injector nozzle flow, near-nozzle flow,
far-field development of the gas jet in order to characterize the gas jet behavior of
DI-CNG injectors in detail.

4.1.2 Design Considerations for Direct Gas Injector

From a practical point of view, the design and development of the direct gas
injector require several considerations as studied by Husted et al. (2014). As

4 Simulation and Modeling of Direct Gas Injection … 67



opposed to injectors for liquid fuels, the gas injector lacks lubrication by the fuel,
requiring additional means of lubrication to extend the durability. Additionally, a
high mass flow rate is desired to inject a sufficient amount of gas in each engine
cycle depending on the operation condition. For higher mass flow rate, either the
flow area needs to be large or the injection pressure must be high. High pressure
also promotes mixing, but on the other hand, to maximize the vehicle range, lower
injection pressure is required so that the maximum amount of CNG can be obtained
from the pressurized tank before the tank pressure falls below the desired injection
pressure. It should be noted that the current design assumption of CNG engines
omits the use of high-pressure fuel pump as used in DI gasoline and diesel appli-
cations. For example, current PFI systems use injection pressure of around 8 bar
and can use more than 96% of CNG from the tank. Using the same injection
pressure in the DI system would significantly limit the peak power of the engine or
put too many constraints on the design of the injector. Increasing injection pressure
to 15 bar will reduce the vehicle range by *3%, and a further increase of injection
pressure to 30 bar will decrease the vehicle range by *9%. Therefore, for a chosen
CNG direct injector, the optimum injection pressure is a trade-off between the
engine output at the desired operating conditions and the vehicle range. The
trade-off can be shifted favorably by careful design of the injector nozzle by
maximizing the flow area.

There are mainly three types of injector designs currently used, namely an
inwardly-opening needle with a multi-hole tip for diesel, an inwardly opening needle
with counterbore cylindrical holes for gasoline direct injection (GDI), and an
outwardly-opening poppet-type needle for GDI applications. The selection of the
injector nozzle design for DI-CNG applications is primarily driven by the pressure
difference across the nozzle in the operating range. In diesel or GDI engines, the
injection pressure (>100 bar) is much higher than the peak cylinder pressures during
the entire engine cycle, whereas it is significantly lower in DI-CNG (<20 bar) to
achieve maximum vehicle range as described before. Therefore, inwardly opening
DI-CNG injectors could be inadvertently opened at high in-cylinder pressures. On the
other hand, the outwardly-opening poppet-type valves are sealed by the cylinder
pressure (see Fig. 4.1), and therefore, the outwardly-opening poppet-type valves have
become a natural choice for DI-CNG applications.

4.1.3 Flow Through Poppet-Type/Outwardly Opening
Injectors

The nozzle geometry of outwardly opening poppet-type injectors (henceforth called
poppet-type injectors) is complex, and compressible gas flow through the small and
complex passages can be rich in physical phenomena. Compared to cylindrical
nozzles, there have been relatively a few experimental and simulation studies of
outwardly opening poppet-type nozzle designs in the literature. Kim et al. (2004)
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carried out URANS simulations of direct natural gas (NG) injection through
shrouded and unshrouded poppet-type nozzle geometries in a large bore, low-speed
two-stroke ICE. At lower injection pressure (*4 bar), the injection resulted in a
collapsed gas jet, whereas at higher pressure (*35 bar) the gas jet did not collapse,
but instead attached to the walls of the cylinder head resulting in a Coanda-type
flow. With the use of a shrouded poppet-type nozzle, the gas jet was forced to
collapse at higher pressure. The authors also analyzed the effect of these nozzle
designs on the mixing performance, combustion efficiency, and susceptibility to
pollutant formation and found that high injection pressure with shrouded nozzle
resulted in a higher flammability of the mixture. Baratta et al. (2011) showed for a
poppet-type injector that the wave propagation inside the injector and the needle
motion affect the mass flow rate and the resulting gas jet before collapsing. They
suggested the use of fixed needle lift with a ramp of injection pressure to mimic the
effects of needle opening. Kuensch et al. (2014) studied a far-field gas jet devel-
opment in a constant pressure chamber emerging from a piezoelectrically actuated
poppet-type injector. They used a planar laser-induced fluorescence (PLIF) tech-
nique with acetone as a tracer to track the injected nitrogen gas in the chamber filled
with air. The temporal development of the gas jet was visualized, which showed a
two-stage gas jet evolution. In the first stage, a hollow cone was formed, which, in
the second stage, collapsed into a single jet penetrating the chamber along the axial
direction. It was observed that the injection pressures and needle lifts controlled the
collapsing tendency of the hollow cone, with higher injection pressure and needle
lift lowering the collapsing tendency.

Keskinen et al. (2016) carried out URANS simulations to investigate the gas jet
from a cylindrical as well as a poppet-type nozzle. They compared different tur-
bulence models and observed that the jet tip penetration was overpredicted by the
RNG k-e model, whereas the quadratic k-e model resulted in a better agreement
with the experimental data. Therefore, the quadratic k-e model was chosen for
further DI engine simulations. The results showed different mixing mechanisms for

Cylinder Pressure Cylinder Pressure

Injection PressureInjection Pressure

Fig. 4.1 Schematic of design of inwardly (left) and outwardly (right) opening injector nozzles
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different nozzle designs. The gas jet from the poppet-type nozzle predominantly
showed free jet mixing, whereas the cylindrical nozzle favored the mixing induced
by impingement of the jet on the piston. As a consequence, a faster mixing was
observed with the poppet-type nozzle for early injection timing, while, for late
injection timing, the cylindrical nozzle resulted in faster mixing due to impingement
of the gas jet on the piston top. Detailed X-ray radiography experiments were
performed by Bartolucci et al. (2016) in a nitrogen-filled chamber using a
poppet-type injector with nitrogen as the injected gas. The flow around the pintle of
the nozzle and the subsequent gas jet development was investigated using the
URANS simulations, and a good agreement was observed between simulations and
experiments. A mesh resolution study was also carried out that suggested the use of
fine mesh resolution for such simulations. However, a detailed upstream geometry
of the injector except the pintle was unknown in this case, which is very important
for accurate prediction of the development of the gas jet. Besides, with increasing
mesh resolution, the computational cost increases significantly. Therefore, to reduce
the computational expenses, some modeling approaches to replace poppet-type
injectors have been suggested in the literature, e.g., a converging–diverging nozzle
approximation for a shrouded poppet-type valve by Kim et al. (2007), a source
modeling approach by Baratta et al. (2011), and a mapped boundary condition
(MBC) approach by Deshmukh et al. (2016).

So far, most studies using poppet-type injectors have focused on full engine
URANS simulations including either fully resolved simulations of the injectors or
models of the injectors to overcome computational challenges. The turbulence
models have been used in these simulations with little validation against higher
fidelity methods such as LES. Provided a sufficient mesh resolution is used, an
accurate time-resolved flow field can be obtained using a high-fidelity LES. Along
with turbulent mixing characteristics, the classical features of high Mach flows can
also be observed for poppet-type injectors, e.g., annular Mach disks and barrel
shocks. Furthermore, the effects of the initial condition and needle motion are
reported to be very important but have not been quantified in terms of jet
characteristics.

4.1.4 Scope

This chapter aims to introduce the reader to a systematic characterization of the gas
jet emerging from a poppet-type injector using LES, which may further provide
insights into the fundamental physical processes and the effects. The LES simu-
lations are used to characterize the nozzle flow, near-nozzle gas jet, and the far-field
gas jet in detail. A few turbulence models are compared against the LES, and a
possible choice for URANS is suggested. The effects of initial conditions in the
nozzle and the needle motion are discussed, and recommendations for further
engine simulations are provided. The modeling approaches for poppet-type injec-
tors are discussed in detail. The recent MBC modeling approach is then
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demonstrated for quasi-steady and engine configurations. The idea is to provide
comprehensive simulation and modeling approaches of the chosen poppet-type
injector used for DI-CNG application in ICEs.

In the following, resolved numerical simulations of the poppet-type injector
using both LES and URANS methods are discussed in Sect. 4.2. The challenges in
the use of a resolved simulation approach in real engine applications are described,
which motivate the development of models for injector nozzles. Previously
developed models are discussed briefly in Sect. 4.3. The recently developed MBC
approach is applied to quasi-steady-state and full engine configurations, and the
results are discussed in Sect. 4.4. The impact of direct gas injection on the
in-cylinder flow and mixing is discussed in Sect. 4.5. The chapter is summarized in
Sect. 4.6, and future challenges are discussed in Sect. 4.7.

4.2 Simulations of Gas Injection Through Poppet-Type
Injectors: A Case Study

4.2.1 Numerical Challenges

From a numerical point of view, resolved simulations of the poppet-type injector
are challenging because of small and complex gas passages of the order of
micrometers and high-speed flow with shocks and discontinuities typical in
supersonic regimes. LES provides a feasible approach to obtain highly accurate
flow field simulations in complex industrial geometries. Especially for flows with
high Mach numbers and Reynolds numbers, where the computational cost of DNS
is high, LES can be a practical alternative. LES of flows with shocks requires
special numerical schemes with the capability to capture shocks and remain stable
at the same time. The numerical stability can be obtained by adding numerical
dissipation. However, this must be limited to areas of shocks and discontinuities to
avoid dissipation of physical turbulent flow structures. A shock detector is required
to add numerical dissipation just locally and conserve turbulent flow structures. The
shock detector determines gradients in the velocity and scalar field and activates the
shock-capturing scheme in the regions of high gradients. In addition, supersonic
velocities in combination with grid cell sizes of the order of micrometers result in
time steps on the order of 100 picoseconds. A high-fidelity full engine LES sim-
ulation with a fully resolved gas injector simulation may need years to complete one
or more cycles. Nevertheless, a fully resolved LES of the gas jet from the injector is
still feasible for a simplified case, such as a constant pressure or constant volume
chamber because the run-times are shorter due to the reduced domain of interest
compared to full engine simulations.

On the other hand, URANS simulations may be computationally cheaper due to
lower mesh resolution requirements compared to LES. However, since the
energy-containing turbulent scales are also modeled, the accuracy of the solution
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needs to be carefully evaluated. Also, most of the turbulence models for URANS
have been developed for specific applications and may generally not be applied to
direct gas injection studies. Nevertheless, the turbulence models are extensively
used in industry for different applications including direct gas injection.
The URANS approach is very dissipative as it adds a high amount of eddy viscosity
to the molecular viscosity, and therefore, central difference numerical schemes may
remain stable in the presence of shocks. However, a drawback is that the shocks and
discontinuities are dissipated quickly and do not survive for longer times.

4.2.2 Case Description

Recently, Deshmukh et al. (2018a, b) performed LES of a helium gas jet from a
poppet-type injector in a closed chamber to obtain an accurate time-resolved flow
field along with turbulent mixing characteristics. This is considered as a case study
here to understand physical and numerical aspects in the simulation of gas injection
through poppet-type injectors. First, the nozzle flow and near-nozzle gas jet
development are discussed, and then, the far-field jet evolution is validated with the
experimental data.

Experimental Data. Delphi has developed a fourth-generation electromagnetically
actuated solenoid injector for DI-CNG applications (Husted et al. 2014). It is an
outwardly opening poppet-type injector. A helium gas jet through the injector was
characterized experimentally at Delphi. The schematic of the experimental setup is
shown in Fig. 4.2. Helium at a pressure of 16 bar and ambient temperature was
injected into the ambient air, and the Schlieren imaging technique, which can
capture density gradients in a flow field, was used to visualize the temporal evo-
lution of the gas jet. The selection of helium in this study was driven by the
consideration that the Schlieren measurement technique requires high gradients in
the density field to work well. This study aimed to investigate the fundamental
physical processes behind the hollow-cone gas jet formation and the characteriza-
tion in terms of global parameters.

Simulation Methods. The state-of-the-art compressible solver Compressible
High-speed Reactive Solver (CHRIS), which is developed by Cascade
Technologies Inc., is used for high-fidelity LES (Brès et al. 2012). CHRIS uses an
unstructured mesh to solve the compressible Navier–Stokes equations along with
scalars in the conservative form using a novel low-dissipation and low-dispersion
finite volume method (Khalighi et al. 2011). A third-order total variation dimin-
ishing (TVD) Runge–Kutta scheme is used to explicitly solve the equations in time
(Shu and Osher 1988). The essentially non-oscillatory (ENO) scheme (Shu and
Osher 1988) is used together with a shock detector to capture shocks and discon-
tinuities. Shock detectors based on the normalized flow solution and based on the
absolute pressure dilatation are available in CHRIS. The ENO scheme is used in
the regions of shocks identified by a shock detector to ensure the stability of the
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numerical scheme by adding local numerical dissipation. The energy-containing
turbulent structures are resolved by the low-dissipation scheme away from the
shocks, and sub-filter scales are modeled using the Vreman model (Vreman et al.
1995). The ideal gas (IG) equation of state (EOS) is used to calculate pressure from
temperature and density. For detailed governing equations and used parameters, the
reader is referred to Deshmukh et al. (2018a).

For URANS simulations, the commercial Computational Fluid Dynamics
(CFD) code CONVERGE (version 2.3.9) by Convergent Science Inc. (Richards
et al. 2016) is used. CONVERGE is a compressible 3D flow solver, specifically
developed for the computation of steady-state or transient flows in complex and
moving geometries. In this study, a spatially second-order central difference
numerical scheme was selected. A first-order Euler backward scheme is used to
solve the equations in time, which results in fully implicit time integration. The
pressure is calculated from density and temperature using the Redlich-Kwong
(RK) EOS. The system of equations is solved using a modified pressure implicit
with splitting operators (PISO) algorithm. For detailed equations and used
numerical schemes, the reader is referred to the CONVERGE manual (Richards
et al. 2016), whereas for details on parameters used in this study the reader is
referred to Deshmukh et al. (2018a).

Equation of State. The IG EOS is used in the LES, which is justified because the
compressibility factors for the gases involved in the study, namely helium, nitrogen,
and oxygen, do not significantly diverge from 1.0 in the relevant operating range
(Van Sciver 2012; Jensen et al. 1980). On the other hand, the RK EOS, which
follows real gas behavior, is chosen for the URANS simulations. The choice is
motivated by the subsequent applicability of the results of the fundamental inves-
tigations to full engine simulations. A real gas EOS is required in URANS simu-
lations of a full engine configuration because the in-cylinder pressure during an
engine cycle varies in the range, where the real gas effects become significant.

Fig. 4.2 Schematic of the experimental setup at Delphi
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Therefore, the RK EOS is used in the current setup. The compressibility factor of
the in-cylinder gas mixture in the engine simulations reported in the next sections
varied between 0.98 and 1.004. Nevertheless, the RK EOS should ideally approach
the IG EOS under the conditions considered in this study. To verify that, a com-
parison of the density of helium computed with the IG EOS and RK EOS at
injection pressure and ambient pressure for a relevant range of temperatures was
performed. The relative error in density is less than 0.025%, which substantiates the
presumed convergence of RK EOS toward IG EOS under the conditions relevant to
this study.

Simulation Setup. A cylindrical domain with a diameter of 75 mm and a height of
82.5 mm, which are typical dimensions for a downsized engine cylinder of a
passenger car, is used for the numerical simulations (see Fig. 4.3a). The injector is
placed at the top, on the axis of this cylinder, but is not shown here. The meshes
used in the simulations are shown on a representative plane (Y = 0.0) through the
domain.

The ANSYS Meshing software (ANSYS® Meshing 2013) is used to generate a
hybrid mesh, which comprises stretched prism layers attached to the walls and
hexagonal cells away from the walls. The hybrid mesh is used for LES and contains
approximately 24 million cells. The mesh inside the injector nozzle contains 5
stretched prism layers with a stretching factor of 1.2 on each side at the wall and
10–20 hexagonal cells across the gaps between the prism layers. A highly refined
mesh is generated near the nozzle exit, and the mesh size is gradually increased in a
concentric manner away from the nozzle, which helps to capture the shocks and
pressure waves traveling concentrically outward from the injector nozzle. The
minimum and maximum cell sizes of hexagonal cells in the domain are approxi-
mately 18.75 and 600 lm, respectively. The resulting downstream mesh is shown
in Fig. 4.3b.
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Fig. 4.3 Computational domain and mesh for LES and URANS simulations depicted on a
representative plane
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The mesh resolution study by Bartolucci et al. (2016) suggested the use of highly
refined meshes for the gas jet URANS simulations. However, the computational
costs for such resolutions can be intractable for practical engine simulations.
Therefore, the mesh size in the URANS simulations is chosen such that it is directly
applicable in the subsequent engine simulations. CONVERGE generates a
Cartesian cut-cell mesh at run-time. The base size for the mesh is set to 2 mm. The
near-nozzle and upstream region are refined using several successive embedded
regions, which results in the smallest cell size of 64.5 lm within the nozzle gaps
(not shown here). CONVERGE has an adaptive mesh refinement (AMR) capability.
However, for comparison with LES, which has a fixed mesh, the AMR is switched
off in all URANS. The resulting mesh (see Fig. 4.3c) is used in all URANS sim-
ulations in this study.

A Courant–Friedrichs–Lewy (CFL) number of 1.0 is set in the LES, which is the
limit for the used explicit third-order TVD Runge–Kutta scheme. In the URANS, an
implicit solver is available, which allows a CFL of 2.0 to speed up the simulations.
The results with a CFL of 1.0 in the URANS were not significantly different.

Initial Conditions. The initial conditions in the computational domain are shown
schematically in Fig. 4.4. The injector needle is set in an open position with the
needle lift of 300 lm, which is fixed throughout the simulation and is less than the
maximum lift of 350 lm. The resulting mass flow rate in the LES is close to the
measured mass flow (*3.5 g/s) of helium through the injector. Initially, the domain
is filled with air (77% N2 and 23% O2 by mass) at a pressure of 1.01325 bar and a
temperature of 298 K, which is referred to as initial condition 1 (or briefly as IC1).
The region is set to zero velocity.

Boundary Conditions. A total pressure of 15 bar, temperature of 298 K, and helium
mass fraction of 1.0 are set at the inlet of the nozzle for all simulations. Remaining
boundaries are treated as adiabatic, no-slip walls. Some differences between the
simulation and experimental conditions must be noted; e.g., the injection pressure
in experiments was maintained at 16 bar, although the predetermined operating
pressure is 15 bar, which was used in simulations. Despite differences in the
injection pressure and the needle lift, the mass flow rate in the simulations is slightly

Inlet

Initial Condition 1

Helium
Air

T = 298 K
P = 1.01325 bar

Pinj = 15 bar
Tinj = 298 K

Fig. 4.4 Schematic diagram
of initial condition 1
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higher than the measured mass flow rate. The second difference is that the mea-
surements were carried out in open ambient conditions, whereas the simulations
were performed in a closed chamber. However, it has been shown that due to the
short duration of injection of 700 ls, these differences have insignificant effects on
the intended study and conclusions (Deshmukh et al. 2018a).

The duration of injection (DOI) is fixed to 700 ls for all simulations. During the
injection period, the gas jet reaches close to the opposite boundary of the com-
putational domain. Detailed qualitative and quantitative analyses of the nozzle flow,
near-nozzle, and far-field gas jet are carried out using the data generated in LES and
URANS simulations.

4.2.3 Nozzle Flow

The nozzle flow is one of the most critical processes of gas injection because the
pressurized gas undergoes expansion in the nozzle and accelerates to supersonic
speeds depending on the geometry of the nozzle. The geometry of the nozzle and
the pressure ratio essentially determine the flow conditions at the nozzle exit.
Further gas jet evolution depends on the flow properties at the nozzle exit. In the
poppet-type injector nozzle, the gas passages frequently change the direction of the
flow. Also, the gas flow, in general, encounters the converging and diverging
sections (see Fig. 4.5). Such a geometric configuration with the higher than critical
pressure ratio across the nozzle drives the gas flow to first sonic speeds and then to
supersonic speeds. Because of changing direction, a boundary layer separation
occurs within and at the exit of the nozzle and recirculation regions form. To
capture these viscous effects, a no-slip boundary condition is applied at the nozzle
walls. A schematic diagram of the nozzle flow and the initial development of the
helium gas jet are shown in Fig. 4.5. To analyze the nozzle flow, five locations are
chosen considering the axisymmetric geometry of the nozzle. These are location 1,
which is near the inlet, location 2 in the converging section, location 3 approxi-
mately located at the throat, and location 4 corresponding to the nozzle exit, and the
centerline of the nozzle gap.

Considering the geometrical symmetry about the axis and steady-state condition
of the flow in the nozzle, a combined azimuthal and time-averaging (Farrace et al.
2015) is used to compute the averaged velocity profiles, and the statistical infor-
mation is obtained. For the statistical independence of the samples in space and
time, the integral length and timescales are estimated carefully (Deshmukh et al.
2018b), which resulted in the azimuthal angle of 30° with 12 planes for spatial
averaging and a sampling frequency of 67 kHz for time-averaging. A total of 492
individual samples are used to obtain the averaged velocity profiles in the nozzle at
different locations after a steady-state flow condition is reached. The resulting
averaged velocity profiles and the individual samples are shown in Fig. 4.6. The
symbols are an indicator of the mesh density at the given location. Close to the
nozzle inlet, i.e., the location 1, the W-velocity shows a flat averaged velocity
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profile, whereas the other two components are almost zero. At location 2, sub-
stantial variation can be observed on the right boundary, which is because the flow
speed increases in the converging section and the direction also changes, resulting
in a recirculation region in the corner. At location 3, which is almost the throat
section, the velocities reach sonic levels and further accelerate to supersonic levels
as the gas passages diverge after the throat. A boundary layer separation occurs at
location 4 as the boundaries diverge further near the exit, which can be seen in the
velocity profiles. The flow separation on the poppet boundary causes the formation
of a recirculating region resulting in highly varying velocity profiles.

The resolved turbulent kinetic energy (TKE) can be estimated from the indi-
vidual velocity profiles at four locations. Figure 4.7 shows the resolved TKE at four
locations with multiplying factors to visualize all plots on the same scale. As
expected, the locations with high variability, i.e., location 2 and location 4, show
high TKE near the boundaries. The local bulk Reynolds number and y+ at the first
cell are calculated at the chosen locations. Maximum Reynolds number of 20,400
and maximum y+ value of 21 are observed at location 3, which is expected because
the bulk velocities are high. At location 4, the y+ value is *7 and the Reynolds
number is 16,211, which is lower due to reduced density and reduced bulk velocity
as a result of flow separation.

The averaged steady-state profiles of Mach number, pressure, temperature, and
density on the centerline of the nozzle passage are depicted in Fig. 4.8. As the
nozzle passage acts as a converging–diverging nozzle, the gas accelerates to
supersonic velocities with Mach numbers higher than 2.0 close to nozzle exit. After
the throat, the continuously changing direction of the flow leads to an isentropic
expansion fan on the poppet boundary and a nearly isentropic compression shock
on the outer boundary. The compression shock is visible near the nozzle exit.
Temperature and density decrease continuously along the centerline of the nozzle
passage and increase at the compression shock but are still below the ambient
conditions. The pressure at the nozzle exit is higher than the ambient pressure,
which causes further expansion of the gas to the ambient conditions. Overall, the
nozzle operates under moderately under-expanded conditions.

Fig. 4.5 Schematic diagram for the analysis of nozzle flow
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Fig. 4.6 Steady-state velocity profiles at four chosen locations in the nozzle (thin lines: individual
profiles; thick lines: averaged profiles)
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4.2.4 Near-Nozzle Gas Jet

The gas leaves the nozzle with supersonic velocity through the annular nozzle exit.
Figure 4.9 shows a section through the domain at Y = 0.0 depicting the very early
phases of the development of the gas jets through contours of Mach number. The
bow shocks can be seen clearly in the first frame. The annular bow shocks merge to
form a complex interaction of waves behind the shock. The Mach disk and shock
cells in the annular shape begin to form as a part of the hollow cone. The reflected
shocks keep the hollow cone intact. Instabilities develop further downstream due to
shear between helium and air, resulting in the formation of vortical structures
similar to those in the wake of a bluff body. The initial bow shocks also interact
with the gas jets during the early development phase, destabilizing them. The
near-nozzle flow reaches steady state within 60 ls.

Similar to the nozzle flow, a statistical characterization of near-nozzle jet for-
mation can be performed. The near-nozzle jet statistics are computed using the
combined azimuthal and time-averaging procedure described previously. The
averaged steady-state velocity magnitude and the standard deviation for the jet are

Fig. 4.8 Averaged steady-state profiles of Mach number, pressure, temperature, and density on
the centerline inside the nozzle (inlet: f = 0.0; exit: f = 1.0)
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shown in Fig. 4.10. The near-nozzle mesh resolution used in this study cannot
sharply resolve the typical structures of the supersonic gas jets. However, the
formation of shock cells can be observed. As the pressure in the region below the
poppet is low, the jet bends toward the axis of the injector. A highly fluctuating flow
field near the nozzle results in the high standard deviation, particularly in the jet
core near the nozzle exit. Nevertheless, the jet core mostly remains intact within the
shock cells. The mixing of helium begins at the edges of the jet core, and mixing
layers form on the inner edge and the outer edge (see Fig. 4.11). The thickness of
both mixing layers gradually increases, and the two layers merge away from the
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nozzle exit. The helium–air mixture moves into the low-pressure region below the
poppet, eventually increasing the helium concentration there.

The averaged steady-state profiles of different flow variables are plotted along
the jet centerline in Fig. 4.12 along with the standard deviation (r) about the mean.
The distance along the jet centerline is non-dimensionalized with the needle lift
(L = 300 lm) as a characteristic length scale. The average Mach number at the
nozzle exit is approximately 2.0, and the average pressure is slightly above ambient.
The helium expands into the ambient air, the average pressure drops, and the
average Mach number increases up to *2.6. After that, the pressure recovers and
exceeds ambient pressure, and the Mach number drops. The cycle repeats until a
distance of*12 times the needle lift. After initial fluctuations in the shock cells, the
temperature remains stable at *200 K before the average Mach number drops
below 1.0. Thereafter, the temperature begins recovering toward ambient condi-
tions. The standard deviations of Mach number and pressure do not change sig-
nificantly, although the absolute values are quite high. On the other hand, the
standard deviation of density increases continuously, indicating mixing of helium
with air, and the standard deviation of temperature first increases and begins
decreasing after a distance of *12 times the needle lift. The average temperature in
the near-nozzle gas jet is very low compared to ambient conditions.

4.2.5 Far-Field Gas Jet Evolution

The far-field gas jet development was analyzed using both experimental measure-
ments and simulation data. The top row in Fig. 4.13 shows the visualization from
the Schlieren experiments, while an isosurface corresponding to helium mass
fraction of 0.003 from the LES is shown in the bottom row for the same instants as
those of the experiments for direct comparison. The time shown here is relative to
the instant when the gas jet first emerges from the injector.
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Fig. 4.12 Near-nozzle steady-state profiles of Mach number, pressure, temperature, and density
along the centerline of the gas jet

Fig. 4.13 Comparison of the temporal development of the gas jet in Schlieren experiment (top
row) and LES (bottom row: isosurface of YHe = 0.003)
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The initial bow shock is visible in the first and second Schlieren frame, and the
pressure waves emitted from the jet are seen in the later frames. The gas jet
continuously mixes with the ambient gas forming a cloud-like structure. A similar
development can also be observed in the corresponding LES time frames. The
range of length scales of the flow features observed in the experiments is qualita-
tively represented in the LES. The mixing branches of the gas jet moving in the
transverse direction can be found in the experiment as well as the LES. The gas jet
penetration in the experiments is shorter than in the LES. The reasons for the
overprediction are the assumption of a fixed needle lift in the simulations and will
be discussed later. However, a detailed view of the near-nozzle flow features is not
available in the experimental data presented here.

From the simulation data, information on the mixing of the gas jet with sur-
rounding gas can be obtained. For example, Fig. 4.14 shows the contours of the
helium mass fraction at different time instants. As the gas jet develops, a hollow
cone is formed initially. The high-speed gas flow entrains the surrounding gas, both
from inside and from outside of the cone, which causes a pressure drop inside the
cone below the poppet leading to the collapse of the hollow cone and formation of
the single gas jet. It is possible to detect the collapsing event by monitoring the
pressure below the poppet during the injection. The instantaneous pressure as
shown in Fig. 4.15 is highly fluctuating, and a clear trend is not visible. Therefore,
it is filtered to remove high-frequency oscillations. The filtered pressure values
decrease after *255 ls and fluctuate around lower levels when the hollow cone
collapses.
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The far-field gas jet development and mixing can be characterized quantitatively
in terms of different parameters, which are commonly used in the literature for
liquid or gaseous fuel jets. These are:

• Axial penetration length (APL)
• Maximum width (MW)
• Area of the jet (AJ)
• Volume of the jet (VJ)
• Mass-weighted probability density function (PDF) of helium mass fraction

within the volume of jet

Some of the parameters, such as axial penetration length, maximum width, and
area of the jet, can be obtained from the experimental data, which are Schlieren
images in this case. The Schlieren images are first converted into a binary image as
shown in Fig. 4.16a (t = 455 ls) using common image processing techniques. On
the other hand, the simulations can provide information on additional parameters
such as the volume of the jet and mixing statistics (see Fig. 4.16b, c, d) and help in
gaining further insights into the mixture formation. The axial penetration length and
maximum width provide spatial extents of the gas jet within the domain, while the
area of the jet and the volume of the jet can be an indicator of the amount of
entrainment of ambient gas. The mixing statistics determine the mixture quality and
can establish the flammability limits of the mixture in a typical partially premixed
combustion case. To compute the mixing statistics, one can either use normalized
cumulative volume fraction plotted versus equivalence ratio (Sukumaran 2010) or
compute mass-weighted PDF of the mass fraction of the injected gas within the jet
volume (Vuorinen et al. 2014). The first method is preferable for full engine cases
as the volume is fixed by walls of the combustion chamber, while the second
method is appropriate for the free gas jets.

Fig. 4.15 Pressure monitor below the poppet in LES; vertical black line t = 255 ls denotes the
time of hollow-cone collapse
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In the simulations, the characterizing parameters are computed from the com-
putational domain using a threshold for the mass fraction of helium. The threshold
value is selected based on the convergence of the parameters. In this study, the
threshold value of 0.001 was found to be sufficient (Deshmukh et al. 2018a). The
volume of the jet is computed by adding all cell volumes with helium mass fraction
above the chosen threshold. The length of the bounding box of the jet volume along
the axis of the jet constitutes the axial penetration length. The lateral penetration of
the gas jet is different in different directions, and thus, the maximum width and the
area of the jet depend on the plane of computation. Therefore, in this study, 24
planes with an angle of 7.5° between each other are selected passing through the
axis of the cylindrical domain to calculate the maximum width and the area of the
jet. As a result, a range of values is obtained for these parameters at a particular
instant in time. It is important to note that different path lengths in the transverse
direction are not the effect of directional sensitivity to the underlying Cartesian
mesh. The mass-weighted PDF of helium mass fraction is computed from the
volume of the jet. The statistical information such as mean, standard deviation, and
skewness can be calculated from the PDF over time.

Figure 4.17 shows the comparison of all quantitative parameters from the LES
with some of the available measured values. The axial penetration length is over-
predicted in the simulations, although the slope of the line matches at later times.
A nonlinear behavior is predicted in the initial phases of the jet development, which
results in higher axial penetration in the beginning. Similar nonlinear behavior was
observed in the experimental studies of the hollow-cone gas jets by Kuensch et al.
(2014), and a 0.8 power law of the axial penetration length was fitted to the data. In
this study, two-stage power laws are observed before and after the collapse of the
hollow cone. The slight depression in the axial penetration plot shows the col-
lapsing events consistent with the previous observations. A 0.65 power law is
observed during the initial development phases when the hollow cone remains
intact, whereas later a 0.8 power law fits well. For the maximum width, a range of
values is obtained as discussed before. The range widens as the jet develops and can
be as large as 15 mm away from the nozzle. While Kuensch et al. (2014) found a
0.2 power law of the maximum width, in this study, two-stage power laws are

(a) (b) (c) (d)

Fig. 4.16 Methods of calculation of characterizing parameters from experiments (a) and
simulations (b, c, d)
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observed with an initial 0.35 power law behavior and 0.2 power law after the
collapsing event. The area of the jet increases linearly with time, which is also
consistent with the product of power laws of the axial penetration length and the
maximum width. In summary, this leads to

AJ�APL1;2 �MW1;2 ¼ C1t ð4:1Þ

VJ1 �APL1 �MW1 �MW1 ¼ D1t
1:35 ð4:2Þ

VJ2 �APL2 �MW2 �MW2 ¼ D2t
1:2 ð4:3Þ

The subscripts, 1 and 2, denote the first and the second stage of the jet evolution,
respectively. The jet volume increases continuously as the jet entrains ambient gas
into the jet volume. The product of the power laws of the maximum width and the
axial penetration (Eqs. 4.2 and 4.3) follow the LES predictions quite well. These
scaling laws can be used for getting the first estimates of the probable gas jet
behavior. However, the constants of proportionality must be known beforehand.
The mass-weighted PDF of the helium mass fraction at t = 700 ls is also shown in
Fig. 4.17. The probability of finding no helium anywhere in the jet volume is zero
because the jet volume is obtained with the chosen threshold of 0.001 for helium
mass fraction (YHe). A bimodal PDF can be observed. The statistics of the PDF,
mean, standard deviation, and skewness provide information on the quality of the
mixture. These are plotted for the duration of the simulation. The mean values are
the indicators of the average helium mass fraction within the jet volume. The mean
of the PDF increases to a peak value very quickly after the start of injection
(SOI) indicating a very rich mixture. As more and more ambient air is entrained and
mixed with helium, the mean value decreases nonlinearly. The standard deviation
quantifies the degree of mixing. Higher standard deviation indicates less homoge-
neous mixture and vice versa. The standard deviation of the PDF shows a similar
trend to that of the mean and is of the same order, implying a high degree of

Fig. 4.17 Comparison of characterizing parameters between experiment and LES
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inhomogeneities in the mixture. The third standardized moment of the PDF,
skewness, is the indicator of pockets of lean or rich mixture. Positive values show
the presence of pockets of rich mixture, while negative values show the presence of
lean regions in the jet volume. Here, the skewness of the PDF is very high initially
and positive, which drops quickly and again increases gradually. Initial large
positive values are expected because the mixing of helium has not started yet. With
the progress of mixing, the skewness drops. The gradual increase of the skewness
indicates the increasing presence of unmixed rich regions of helium.

Overall, the macroscopic characteristics such as the axial penetration, the
maximum width, and the collapsing event of the hollow cone can be reasonably
predicted by the LES with the used mesh resolution. The LES was run on 1024
cores for 131 h, which is quite expensive for such a short duration of injection.
Therefore, the potential reasons for the discrepancies between experiment and
simulation are investigated using a computationally less expensive URANS
approach. However, URANS requires modeling of energy-containing turbulent
scales, and several turbulence models have been developed for different applica-
tions. Some of them have become a standard in industrial simulations, e.g., RNG k-
e, realizable k-e, and SST k-x. Before applying these in the simulations of the gas
injection, these turbulence models are evaluated in terms of macroscopic charac-
teristics against the LES, which relies on the Vreman model for the sub-filter eddy
viscosity.

4.2.6 Choice of Turbulence Model

The RNG k-e model has been developed from the Navier–Stokes equations through
the renormalization group (RNG) theory (Yakhot and Orszag 1986). The renor-
malization group method is based on statistical averaging of fluctuations on all
scales, ranging from the smallest scale to successively larger scales, which is
particularly appropriate for the description of turbulence involving a wide range of
scales (Wilson 1983). Therefore, the effects of different length scales on turbulent
diffusion are intrinsically modeled by the RNG k-e model. Also, the model con-
stants are deduced analytically. The realizable k-e model ensures physically realistic
values of the turbulent kinetic energy by constraining the positivity of normal
Reynolds stresses and obeying the Schwarz’s inequality for turbulent shear stresses
(Shih et al. 1995). The realizable k-e model performs well for rotational flows. The
shear stress transport (SST) k-x model by Menter (1994) is the combination of the
standard k-e model and the standard k-x model, which has the benefits of both
models. The standard k-x model is advantageous for boundary layer flows and
modeling of the near-wall viscous regions. A blending function is used, which is
zero close to walls, activating the k-x model, and unity away from walls, leading to
the k-e model. The effects of high-pressure gradients are also considered for cal-
culating the eddy viscosity. The SST k-x model is well suited for external flows,
such as in aerodynamic applications. Nevertheless, it is investigated in this study
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because high-pressure gradients and flow separation occur near the exit of the
nozzle.

The initial and boundary conditions for the URANS simulations are maintained
as in the LES for a direct comparison. The temporal jet evolution is investigated
with the turbulence models. A quantitative analysis of the performance of URANS
models is made and compared with the LES (see Fig. 4.18). The experimental
values are plotted for reference. Compared to the LES, all turbulence models used
here predict the initial axial penetration length reasonably, although the collapsing
instant as indicated by the depression in the plots is slightly delayed. The maximum
width is predicted well; however, the range of values is smaller at later times. More
substantial differences between the turbulence models can be observed in the area of
the jet and are more prominent in the volume of the jet. Comparing the volume of
the jet, the RNG k-e model is the closest to the LES, which is very important for
mixing as the amount of entrained ambient air affects the mixture quality. This is
reflected in the mean of the PDF of YHe, which is lower for all turbulence models
compared to the LES due to a higher amount of air entrainment. Again, the RNG k-
e model comes closer to the LES. The standard deviation shows a distinct bump in
the URANS results, which is the effect of the hollow-cone collapse. The skewness
of the PDFs shows a similar trend in the URANS compared to the LES. However,
the development of the trend is delayed, and the absolute values are high with all
turbulence models, which implies a high probability of finding rich helium regions
in the jet volume. It can be distinctly observed that the mixing statistics, in general,
can be entirely different although other global characteristics are very similar. Based
on the overall performance with respect to macroscopic characteristics on the
typical mesh resolutions used in the full engine simulations, the RNG k-e model can
be a good choice compared to the other two models considered here and is chosen
for further URANS simulations in this study.

Fig. 4.18 Comparison of characterizing parameters obtained with different URANS turbulence
models and LES
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4.2.7 Needle Motion and Initial Conditions

The initial nonlinear behavior of the temporal gas jet development observed in the
LES caused an overprediction of the axial penetration. In the LES, the needle lift is
fixed resulting in a higher mass flow rate from the beginning. In practice, the needle
does not open instantly. There is always a delay in opening; depending on the type
of injector used, the opening can be very fast as in piezoelectric injectors, or it can
be relatively slow as in solenoid injectors. Since the injector in this study is of the
solenoid type, the opening profile is expected to be gradual. The needle lift profile is
shown in Fig. 4.19a, where the opening delay is *100 ls. Initially, the needle is in
a closed position, and the domain is divided into two regions: a high-pressure
upstream region with helium at a pressure of 15 bar and a temperature of 298 K and
a low-pressure downstream region. A second initial condition (IC2) for the fixed
needle case (keeping the same needle lift) is also considered in this study because it
is more similar to the initial conditions in the injector with a closed needle. The
domain is divided into two regions at the valve seat location as shown in Fig. 4.19b.
The IC2 mimics the sudden opening of the needle.

URANS simulations with the needle lift profile are carried out, and as expected,
the linear behavior in the initial stages of the gas jet development is reproduced well
by the simulation with needle motion (see Fig. 4.20). However, the plot diverges
from the experimental values after 400 ls, probably due to the collapse of the
hollow cone. To investigate the deviation, the pressure below the poppet is mon-
itored and plotted in Fig. 4.21. The collapsing event in the simulation with needle
lift is delayed significantly, causing more than 50% decrease in the axial penetration
length compared to the fixed needle simulations with IC1. In contrast to this study,
Kuensch et al. (2014) reported a nonlinear behavior of the axial penetration in the
experiments with the hollow-cone injector. However, a piezoelectric injector was
used in their investigations, which is very fast compared to the solenoid-actuated
Delphi injector. Therefore, for piezoelectric injectors, it may be concluded that the

(a) (b)

Fig. 4.19 Needle lift profile (a) and initial condition 2 (b) in the nozzle
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needle motion may not be important for prediction of the initial phase of the gas jet
development. The second initial condition, IC2, was tested using URANS and LES
with a mesh resolution lower than used before. The URANS simulations with IC2
predict the initial nonlinear behavior similar to that observed with IC1. However, as
the hollow-cone collapse is delayed (see Fig. 4.21), the axial penetration drops.
After the collapse, the single coherent gas jet follows a linear increase in the axial
direction. The maximum width and the area of the jet closely follow the experi-
mentally measured values for the case with needle motion and fixed needle with
IC2. For the moving needle case, the volume of the jet increases slowly but later

Fig. 4.20 Effect of initial conditions and the needle motion on the characterizing parameters
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converges to the other URANS cases, indicating similar air entrainment for all
URANS cases. To verify the effect of initial conditions on the collapsing behavior
of the jet, an LES with IC2 is performed. However, a lower mesh resolution was
used in this case to keep the computational costs lower. In contrast to the corre-
sponding URANS case, the LES with IC2 shows a very similar axial penetration to
that with IC1, and the collapsing event is only slightly delayed.

The needle motion and initial conditions influence the mass flow rate through the
nozzle during the initial phases. The mass flow rate at the inlet of the nozzle for
different cases is shown in Fig. 4.22. The shock/pressure waves propagating inside
the nozzle and their reflections from the complex internal geometry cause the initial
fluctuations. The waves survive for long times in the LES due to low-dissipation
numerical schemes and dissipate quickly in the URANS simulations. The viscous
boundary layer flow is resolved better in the LES using a high-resolution stretched
grid near the walls, whereas the near-wall velocities are modeled with log law in the
URANS simulations with a coarse cut-cell Cartesian grid. Therefore, the values of
the mass flow rate in the LES are lower than those in the URANS simulations.
Initially, the mass flow rate in the URANS simulation with initial condition IC1 is
marginally lower but later merges with the mass flow rates for the cases with needle
motion and initial condition IC2.

The consideration of the needle motion is crucial for accurate resolved simu-
lations of the poppet-type gas injectors, particularly for solenoid-actuated injectors.
For piezoelectrically actuated poppet-type injectors, the fixed needle approach may
be sufficient. The initial conditions in the nozzle are important for the further
development of the gas jet. With the chosen mesh resolution and turbulence model,
the URANS simulations showed sensitivity to different initial conditions, whereas
the LES did not predict such distinction. The URANS computations required 8–
25 h on 24 cores, which is less by, at least, a factor of 200 compared to the LES.
Further investigations using high-fidelity LES with a moving needle are necessary
to identify the reasons for the discrepancies with respect to the experiments.
Moreover, the sensitivities of the URANS approach to the initial conditions in the
nozzle need to be examined.

0 100 200 300 400 500 600 700

Time[ µ s]

0

1

2

3

4

5

6

M
as

s 
Fl

ow
 R

at
e 

at
 I

nl
et

 [
g/

s]

LES: IC1

URANS: Fixed Needle IC1

URANS: Moving Needle

URANS: Fixed Needle IC2

Fig. 4.22 Mass flow rate at
the inlet in LES and URANS
with different initial
conditions and the needle
motion

4 Simulation and Modeling of Direct Gas Injection … 91



4.3 Modeling of Poppet-Type Gas Injectors

4.3.1 Challenges in Numerical Simulations

Resolved simulations of the poppet-type gas injectors have already been described
as challenging and computationally very expensive mainly because of different
length and timescales present inside the injector and the cylinder. Therefore, it is
important to reduce the simulation run-time to be able to use numerical simulations
in the engine design process that motivates the splitting of the full simulation
considering it as a multi-scale problem and development of simplified models for
the process with smaller timescales. There have been a few attempts in the literature
for the development of such models. A computational model was developed for a
cylindrical orifice by Johnson et al. (1995) for hydrogen gas injection and com-
bustion. The model was based on the inflow conditions calculated from choked
nozzle flow dynamics. The model replaced the nozzle flow dynamics and reduced
the run-time of the full simulation by a factor of 10. Another model for high-speed
jets was developed by Mather and Reitz (2000), which was based on compressible
under-expanded nozzle flow with a barrel shock and a Mach disk. Sonic flow was
assumed at the Mach disk, and the diameter of the Mach disk (called equivalent
diameter) was calculated from the nozzle exit pressure and ambient gas pressure.
The jet exit velocity and density were obtained from an isentropic expansion
process and used as the inflow boundary condition. The jet penetration was found to
be dependent on the momentum injection rate by Ouellette and Hill (1999). They
proposed to simply impose momentum as a boundary condition at the nozzle exit.
Most models were developed for cylindrical orifices, while the modeling efforts for
the poppet-type outwardly opening design have been relatively scarce due to the
more complex geometry. Some of the models are described in the following
sections.

4.3.2 Converging–Diverging Nozzle Approximation

Considering the similarity between high-speed round jets and the resulting single
gas jet from a shrouded poppet-type valve, Kim et al. (2007) proposed to use a
simplified converging–diverging nozzle design. The throat area of the simplified
nozzle and modified injection pressure were obtained using quasi-one-dimensional
isentropic flow relations from the downstream characteristic Mach number and fuel
mass flow rate corresponding to the original valve. However, this model is limited
to shrouded poppet-type nozzles.
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4.3.3 Source Modeling Approach

A virtual injector model for a poppet-type valve based on the source terms in the
governing equations was developed by Baratta et al. (2011). In this model,
the injector needle is opened to the maximum lift and the geometry upstream of the
throat section is removed from the computational domain. The mesh cells at
the throat section are treated as the injection source cells. The source terms in the
governing equations are computed as SU ¼ _mU, where _m is the mass flow rate
through the injector and U is the flux in each of the equations. This approach is
valid for supersonic injection velocities as downstream conditions do not affect
upstream flow properties in supersonic flows. However, the approach does not
include the effects of upstream nozzle geometry, which are typically important.

4.3.4 Mapped Boundary Condition Approach

The mapped boundary condition (MBC) approach was recently proposed by
Deshmukh et al. (2016), where the simulation is split into two parts: nozzle flow
and in-cylinder flow. This approach retained the geometrical information of the
nozzle and provided accurate boundary conditions for the in-cylinder flow simu-
lation. In this approach, a stand-alone nozzle simulation, either LES or URANS, is
carried out for a desired pressure ratio. The nozzle flow and near-nozzle flow reach
a steady state within a short time compared to the duration of injection. The injector
nozzle is decoupled from the cylinder by slicing it from the computational domain
along an arbitrary surface, which is treated as the mapping boundary on the
cylinder. Since the flow at the nozzle exit is supersonic due to high-pressure ratio,
the downstream flow conditions have no effect on the upstream flow field. On the
other hand, under subsonic conditions, the upstream flow field depends on down-
stream flow conditions, and hence, the one-way mapping is not accurate. Therefore,
the MBC approach is physically more accurate under supersonic nozzle flow
conditions. The flow variables in the nozzle simulation are recorded at the mapping
boundary and then transferred onto the corresponding inflow boundary of the
full-scale simulation. The approach is illustrated in Fig. 4.23.

The location of the mapping boundary is selected based on two opposing
criteria:

1. The mapping boundary should be far off from the nozzle exit so that the velocity
is small enough to increase the time step significantly.

2. The mapping boundary should be close to the nozzle exit to avoid removal of a
large volume from the computational domain.

An ideal mapping location is at the end of the Mach disk, which is consistent
with the models reported in the literature (Johnson et al. 1995; Mather and Reitz
2000; Ouellette and Hill 1999). However, in this study, the mapping boundary is
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located at 1 mm downstream of the nozzle to avoid cutting into the cylinder vol-
ume. This location is found to be sufficient to obtain large time steps and reasonably
accurate predictions of the in-cylinder flow fields. Nevertheless, further work is
necessary to determine the optimum location for the mapping boundary.

To generate the mapped boundary condition, a stand-alone nozzle flow simu-
lation is performed. The injector needle is opened to its maximum lift and the
domain is initialized into two regions with an initial discontinuity at the valve seat.
The upstream region containing helium is set to the specified injection pressure and
temperature, and the downstream region is initialized with a low pressure corre-
sponding to ambient conditions. A total pressure boundary condition is set at the
inlet, and a non-reflecting characteristic boundary condition is applied at the outlet.
Remaining boundaries are treated as no-slip, adiabatic walls. The simulation is run
and continued until statistically stationary conditions are reached at the mapping
location. It can be verified whether the near-nozzle flow has reached a statistically
stationary condition. For example, Fig. 4.24 shows the plot of velocity magnitude
at two locations, P1 and P2, on the mapping surface over time for pressure ratios of
15 and 8. The instantaneous signal is fluctuating; therefore, it is filtered to get the
mean velocity magnitude. The mean velocity magnitude becomes steady after
*60 ls. The interaction of shock waves and the geometrical features of the
cylinder head are also captured.

The flow field variables downstream of the nozzle exit for two pressure ratios are
shown in Fig. 4.25 in the Y = 0.0 plane at time t = 75 ls. A dashed line indicates
the mapping location. The flow variables such as velocity, density, temperature, and
mass fractions at the mapping location are recorded and stored. The flow variables
are mapped only in the supersonic regions, which is geometrically marked based on
the mass fraction of injected gas. Here, it is observed that the entrainment of
ambient gas in the supersonic gas jet at the mapping location is negligible. The
threshold helium mass fraction to mark the supersonic region is chosen based on a
trade-off between the thickness of the supersonic region and mesh resolution. For
example, it is set to 0.7 for the pressure ratio of 15 and 0.6 for the pressure ratio of

Fig. 4.23 Sketch illustrating the mapped boundary condition approach
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8. After the mean flow quantities reach a statistically stationary state, they are
averaged in time. The resulting inflow profiles of different flow variables on the
inflow boundary are also shown in Fig. 4.25. The remaining area outside the
supersonic region should mimic a wall boundary and is set to zero velocity and a
fixed temperature avoiding additional inflow through this area. A zero-gradient
condition for pressure is required over the mapping boundary to get constant mass
flow across it. The effects of needle motion are important for solenoid-actuated
injectors as shown before, especially at high engine speeds. These can be consid-
ered by gradually ramping up the velocity components at the mapping boundary. At
relatively lower engine speeds (e.g., 1000–2000 RPM in this study), the needle
opening period in terms of crank angles is small enough and does not largely affect
subsequent mixture formation. Moreover, the conditions at the mapping location do
not change significantly during the injection period at lower engine speeds.
Therefore, the inflow profiles are fixed in time.

For a supersonic inflow boundary, all characteristic waves enter the flow
domain; therefore, all information should come from outside of the domain (Hirsch
1994). For a system of compressible Navier–Stokes equations with a non-reacting
scalar, at least six flow variables, namely density, three components of velocity,
temperature, the mass fraction of helium, are required. Neglecting the contribution
of sub-filter scales, these are sufficient for an LES. However, for a URANS sim-
ulation, two additional equations for the turbulence model need turbulent kinetic
energy (TKE) and turbulent dissipation rate to be specified at the inflow boundary.
Depending on the method used for the stand-alone nozzle flow simulation, some
variables are directly available, and the rest need to be estimated from the available
ones and specified as a constant value in the supersonic region. For example, a
mapping from a stand-alone nozzle flow LES to an LES of full-scale simulation
(LES-to-LES mapping) or URANS-to-URANS mapping will not require any

(a) (b)

Fig. 4.24 Velocity magnitude monitored at location P1 (a) and P2 (b) on the mapping surface
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estimation, whereas for the LES-to-URANS mapping the TKE is estimated from
the fluctuating velocity components obtained from the time-averaged mean velocity
profile from the LES. The turbulent dissipation rate is calculated using Eq. 4.4 from
the TKE and an appropriate length scale (le), which is chosen as a fraction of the
maximum valve lift.

e ¼ c3=4l k3=2

le
ð4:4Þ

where cl (=0.09) is a model constant. The TKE could also be specified in terms of
estimated turbulent intensity and an appropriate dissipation length scale. However,
the sensitivity of the results to the estimated kinetic energy and dissipation rates
needs further investigation in the future.

4.4 Application of Mapped Boundary Condition
Approach

4.4.1 Case Description

The MBC approach is demonstrated in a quasi-steady-state flow configuration and a
full-cycle engine configuration. For validation, the in-cylinder velocity field is
measured for an optically accessible single-cylinder research engine. All of the
experimental data has been measured at the Institute of Aerodynamics (AIA) of
RWTH Aachen University. The injector was provided by Delphi, and helium was
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used for injection. The physical properties of helium are different from natural gas.
Based on isentropic flow calculations, helium results in 46% lower mass flow and
13% higher momentum flow compared to natural gas through the injector at a given
pressure ratio. Nevertheless, this study can reasonably provide an insight into the
underlying processes occurring due to gas injection and their impact on the
in-cylinder flow field and mixture formation. Table 4.1 shows the engine specifi-
cations. The valve opening and closing events are with reference to the non-firing
TDC, which is set to 0° crank angle.

The velocity field has been measured using state-of-the-art time-resolved
stereoscopic particle image velocimetry (PIV) (see the experimental setup in
Fig. 4.26a. The measurement cases chosen for comparison with the simulations are
shown in Table 4.2. The poppet-type injector is positioned between the two intake
valves inclined at an angle of 6° with an offset of 6 mm from the axis of the
cylinder. The maximum needle lift of the injector is 350 lm in all measurement
cases. For the steady-state measurement of the velocity field, helium at a pressure of
15 bar is injected for one second in a fully closed cylinder with the piston at the
bottom dead center (BDC). Initially, the cylinder is at atmospheric pressure and
temperature. The velocity field is measured in two planes passing through the
injector and perpendicular to each other as shown in Fig. 4.26b. During the
injection, 500 samples of the velocity field are recorded, beginning at 100 ms after
SOI until 167 ms at a frequency of 750 Hz. The sampling starts 100 ms after SOI to
obtain a fully developed mixture of the injected and the in-cylinder gas. For the full
engine cases (transient 1–3), the measurements are carried out on two planes except
for case transient 3, where the velocity field is measured only in the Y = 0.0 plane.
Three hundred and twenty-one consecutive cycles are recorded during the mea-
surements to obtain a high convergence of the data. In one cycle, 17 images are
recorded with an interval of 16° crank angle with a sampling frequency of 375 Hz
for the engine speed of 1000 RPM and 750 Hz for the engine speed of 2000 RPM.
Measurements are performed only during the intake and compression phase,
beginning at a crank angle of 72° ATDC until 328° ATDC.

Table 4.1 Engine
specifications

Displaced volume 364 cc

Bore 75 mm

Stroke 82.5 mm

Connecting rod 146 mm

Compression ratio 7.4

Number of valves 4

Valve lift 9 mm

Exhaust valve open 250° BTDC

Exhaust valve close 33° ATDC

Inlet valve open 34° BTDC

Inlet valve close 250° ATDC
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4.4.2 Steady-State Configuration

The measurements of the velocity field begin 100 ms after SOI, and as shown in
Fig. 4.27, the pressure in the cylinder rises continuously from 1 to 5.5 bar up to the
start of measurement as the valves are closed. Therefore, the simulation, if begun
from the start of injection, would have to be run for more than 100 ms to capture
this pressure rise, which is impractical from a numerical point of view. The initial
estimate of the time required for running one such LES without any modeling of
nozzle flow was in the order of months on the available computing resources, which
is unrealistic. A more practical approach is considered here. Because of the inherent
transient nature of the physical process, it cannot reach a steady state. Therefore, a
timescale is defined based on the physical dimensions of the domain and the speed
of sound in the fluid, here air, in the domain. The timescale is used to roughly
estimate the time required for the velocity field to reach a quasi-steady state. In this
case, the maximum dimension is along the axis of the cylinder (*0.1 m). Speed of
sound in air is *343 m/s. So, the time required for a pressure wave to reach the
bottom of the cylinder is approximately 0.3 ms. It is assumed that a quasi-steady
state is reached when the pressure waves have traveled across the cylinder multiple
times so that they no longer change the flow field significantly. Hence, the actual
simulation time to reach the quasi-steady state is assumed to be in multiples of the

(a) (b)

Fig. 4.26 Experimental setup (a) and measurement planes (b) for time-resolved stereoscopic PIV

Table 4.2 PIV measurement cases

Case Engine speed (RPM) Pinj (bar) SOI (ms) DOI (ms) SOI (CA°) DOI (CA°)

Steady 0 15 0 1000 – –

Transient 1 2000 15 – 6 90 72

Transient 2 1000 15 – 6 90 36

Transient 3 2000 8 – 3 135 36
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characteristic time T (=0.3 ms), and 70 * T * 21 ms was found to be sufficient in
this study. The simulation is directly started 100 ms after the SOI with the initial
cylinder pressure of *5.5 bar. Within the measurement window, the pressure rises
up to *7.5 bar. Both LES and URANS simulations were carried out and compared
with velocity field measurements. The LES shows the pressure rise of *2 bar in
the time required to reach the quasi-steady-state (21 ms) compared to 67 ms
required for the same pressure rise in the experiment. This is because blow-by
losses were not considered in the simulations. An unstructured mesh was used with
the high-fidelity compressible LES solver (CHRIS), and a Cartesian cut-cell mesh
was used in CONVERGE for the URANS, which are not shown here for brevity.
With this simulation approach, it was possible to reduce the simulation run-time
significantly, from the order of months to the order of days.

The instantaneous and time-averaged velocity magnitude in the X- and Y-plane is
shown in Fig. 4.28. The gas jet penetrates the cylinder, hits the bottom, and reverses
resulting in a recirculation zone moving it sideways in the X-plane. As said before,
the simulation required 70 characteristic times, i.e., 21 ms, to reach a quasi-
steady-state. This can be verified by monitoring the velocity components at different
points in the cylinder. For example, four points are monitored in the Y-plane, and
the velocity components at these points are plotted in Fig. 4.29. The instantaneous
signals are filtered to get mean values to identify trends. It can be observed that the
mean signal does not change significantly after 21 ms. The simulation is continued
until 80 characteristic time units, i.e., 24 ms, and a window of 3 ms is used for
time-averaging.

A direct comparison of instantaneous W-velocity from the LES and PIV in the
X-plane is shown in Fig. 4.30. Qualitatively, the LES predicts the gas jet location
and sideways motion. After analyzing the experimental data, it was found that the
jet is not visible in all of the measured samples because it fluctuates vigorously and
moves out of the measurement plane. In fact, only selected samples show the gas
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Fig. 4.27 Chamber pressure measured during PIV with Pinj 15 bar
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jet, indicating a large variability in the measurements. This is important when
averaging the experimental data.

On the other hand, the time-averaged velocity field from the LES can be directly
compared with that from the URANS simulation (see Fig. 4.31) because URANS
ideally should provide ensemble-averaged results. The URANS predicts velocity
magnitudes qualitatively similar to the LES. The strong sideways movement of the
gas jet is not predicted in the URANS simulation, although the flow field is
asymmetric. URANS cannot be expected to capture the dynamic large-scale
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Fig. 4.28 Velocity magnitude in LES on two planes; instantaneous field at t = 24 ms and
time-averaged field (t = 21–24 ms)

Fig. 4.29 Velocity components monitored at four locations in the Y-plane
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motions of the gas jet due to the inherent modeling of energy-containing turbulent
length scales.

For a more quantitative comparison, the velocity magnitude from the simulations
and the experiments is plotted at certain locations in the cylinder (see Fig. 4.32) in
the X-plane and the Y-plane. The gray curves in the background indicate instan-
taneous velocity magnitudes in LES, while gray symbols indicate the individual
experimental snapshots only where the gas jet is present in the plane. Red curves
show time-averaged LES, blue curves show URANS results, and green symbols are
ensemble averages of individual experiments. The LES can reasonably capture the
ensemble-averaged velocity field as well as the instantaneous fluctuations. On the
other hand, URANS predicts the magnitudes of the ensemble-averaged velocity
field, although the peak locations are not predicted. This is again because of the

Fig. 4.30 Comparison of LES (left) and PIV experiment (right) in the X-plane (instantaneous
fields)
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Fig. 4.31 Comparison of time-averaged (t = 21–24 ms) velocity magnitude in the LES (left) and
the instantaneous one at t = 24 ms in the URANS simulation (right) in the X-plane
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intrinsic limitations of the URANS turbulence modeling. In the Y-plane, the gas jet
is not fully visible due to sideways movement in the X-plane. Therefore, only one
location is plotted in Fig. 4.32b.

4.4.3 Full Engine Configuration

Simulation Setup. The simulation setup for the engine simulation is shown in
Fig. 4.33a. The domain is split into three regions: cylinder, exhaust, and intake. The
injector is sliced out from the computational domain for the MBC approach.
CONVERGE generates a Cartesian cut-cell mesh at run-time. The base mesh size
of 4 mm is used, and embedded refinement regions are placed in the cylinder,
which results in a mesh size of 1 mm. The AMR is activated to capture gradients in

(a) (b)

(c) (d)

Fig. 4.32 Comparison of LES and URANS with PIV experiments at different locations
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velocity and scalar fields. The mesh is refined at certain boundaries and/or regions
to capture the physical fields and their gradients accurately. A representative mesh
in the simulation during the intake stroke is shown in Fig. 4.33b.

Initially, a simulation of a full engine cycle is performed without injection for
two engine speeds, 1000 and 2000 RPM, with air as a working fluid. To avoid the
effects of initial quiescent conditions, the simulation is run for four cycles to set up a
tumble flow field inside the cylinder. For the simulations with injections, the
computational domain is initialized with the flow field just before the SOI.

A total pressure boundary condition is applied at the hemispherical inlet with a
pressure of 101.325 kPa and a temperature of 298 K. A time-varying pressure
boundary condition based on measured data is imposed at the outlet of the exhaust
pipe. Gradients of velocity and temperature at the exhaust pipe are set to zero. Other
boundaries are modeled as no-slip walls with a fixed temperature of 298 K. For
further details on the simulation setup, initial and boundary conditions, the reader is
referred to Deshmukh et al. (2018c).

The MBC approach is used in place of the injector. The MBCs are generated for
two injection pressures, 15 and 8 bar, using the LES solver. As the URANS solver
of CONVERGE is used for the engine simulations, this is an LES-to-URANS
mapping for MBC. Therefore, the TKE and turbulent dissipation rates are required
to be estimated from the LES data at the mapping location. The time-averaging is
performed on the inflow profiles to obtain the TKE. The turbulent dissipation rate is
computed using Eq. 4.4. The length scale (le) is chosen as *15% of the maximum
valve lift resulting in the values reported in Table 4.3 for two injection pressures.

The injection mass flow rates across the mapped boundary for injection pres-
sures of 15 and 8 bar are shown in Table 4.4. For comparison, the injector mass
flow rates measured in separate constant volume chamber experiments at the
injection pressures of 16 and 11.8 bar are provided. Additionally, the mass flow
rates from isentropic flow calculations are given for reference. In general, the
isentropic calculations predict higher mass flow rates compared to the measured
values and those from the LES, except for the injection pressure of 8 bar.
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Fig. 4.33 Computational domain (a) and representative mesh (b)
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For validation of the MBC approach for full-cycle engine simulations, a direct
comparison can be made between PIV measurements and simulations in terms of
velocity magnitude. Alternatively, derived quantities of interest, such as the tumble
number, can be compared. The tumble number is a quantitative measure of the
in-cylinder charge motion about the instantaneous volumetric center of the cylinder
relative to the engine speed. The following expression is used for the calculation of
a planar tumble number from both PIV data and simulations:

Tumble Number ¼
Pn

i¼0 Zi � Zcað ÞUi � Xi � Xcað ÞWi½ �
xcrank

Pn
i¼0 Zi � Zcað Þ2 þ Xi � Xcað Þ2

h i ð4:5Þ

where

xcrank ¼ 2pN
60 (Hz), angular speed of the crankshaft

N = engine speed (RPM)
Ui;Wi = X- and Z-components for velocity at point i (m/s)
Xi; Zi = X- and Z-coordinates of point i (m)
Xca; Zca = X- and Z-coordinates of the center of area of the FOV (m)

Results and Discussion. A comparison of velocity magnitude between measure-
ments and simulations in the Y-plane is shown in Fig. 4.34 for the first transient
case. The experimental contours are ensemble averages of 321 cycles. Also, the
plots at certain locations are shown for quantitative comparison. The flow field
before the SOI shows an anticlockwise tumble vortex in both experiments and
simulations. The vortex is more smeared out due to averaging of cycles with highly
fluctuating velocities as seen from the plots at a location 10 mm downstream of the
cylinder head. After SOI, the high-speed gas jet penetrates the tumble vortex
destroying the overall tumble motion in the cylinder. As seen in the steady-state

Table 4.3 TKE and turbulent dissipation rate estimated for two injection pressures

Injection pressure (bar) TKE (m2/s2) Turbulent dissipation rate (m2/s3)

15 6.001 � 104 4.423 � 1010

8 2.979 � 104 2.194 � 1010

Table 4.4 Measured and calculated mass flow rates through the injector for different injection
pressures

Injection pressure (bar) Measured (g/s) LES (g/s) Isentropic calculations (g/s)

16.07 3.5 – 4.45

15 – 3.8 4.15

11.79 2.5 – 3.26

8 – 2.3 2.21
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configuration, the gas jet is highly fluctuating due to the complex interaction of the
flow field and shocks/discontinuities and their reflections from the walls of the
combustion chamber resulting in high variability in the experimental data ranging,
for example, from 25 to 310 m/s. Nevertheless, the URANS simulations reasonably
capture the ensemble-averaged velocity magnitude.

The tumble number comparison between the simulations and experiments pro-
vides an integral validation over a range of crank angles. In the experiments, the
field of view (FOV) is limited due to practical limitations. Therefore, in both
simulations and experiments, the planar tumble number is calculated using the
velocity field in the same FOV (see Fig. 4.35a). The comparison between the

Fig. 4.34 Contour plots for transient case 1: comparison of velocity magnitude,
ensemble-averaged PIV (left) and URANS (right) in Y = 0.0 plane at a crank angle 88° (before
SOI), 104°, and 120° ATDC (after SOI); line plots: CA 88°—Z = −10 mm, CA 104°—
Z = −15 mm, CA 120°—Z = −15 mm
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tumble number from URANS simulations and ensemble-averaged tumble number
from PIV experiments for all transient cases (Fig. 4.35b, c, d) is reasonable despite
the restrictive FOV. As a common observation, the tumble number decreases
sharply after the injection starts, which is consistent with the observations made
from contour plots, i.e., destruction of tumble vortex by the gas jet. Depending on
the DOI, SOI, and injection pressure, the tumble vortex is destroyed either com-
pletely as in transient case 1 and 2 or partly as in transient case 3. With lower
injection pressure in case 3, the mass flow rate is lower, reducing the overall
momentum of the gas jet. In this case, the tumble vortex partly survives due to
lower momentum combined with shorter duration of injection.

Thus, the MBC model for poppet-type injectors has been successfully validated
against the in-cylinder PIV measurements. The model reduced the simulation
run-times for full engine cycle with injection from the order of months to the order
of weeks on the same computational resource, at the same time ensuring the rea-
sonable accuracy of the predicted results.

(a)

(c)

(b)

(d)

Fig. 4.35 a Field of view for the calculation of tumble number; Comparison of tumble number in
Y = 0.0 plane for transient cases with b 2000 RPM-15 bar, c 1000 RPM-15 bar, d 2000
RPM-8 bar (injection period is indicated by vertical shaded region)
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4.5 Impact of Direct Gas Injection on the In-Cylinder
Flow Field and Mixing

After the validation of the full engine simulation data, the impact of direct gas
injection on the in-cylinder flow field is investigated using integral quantities such
as mass-averaged tumble number and mass-averaged TKE. The mass-averaged
quantities provide more information than the plane-averaged quantities, which were
available in the experiments. Without direct gas injection, the mass-averaged
tumble number follows an M-shape behavior, which is typical for spark-ignition
(SI) engines (see Fig. 4.36a). On the other hand, with gas injection, the tumble
number drops sharply for the cases with higher injection pressure. For the case with
lower injection pressure, some of the tumble motion still survives because of the
lower momentum of the gas jet. For the same injection pressure of 15 bar, the rate
of decrease of the tumble number in a crank angle space is higher for lower engine
speed. This is because the absolute in-cylinder flow velocities are lower for lower
engine speed, and the gas jet has more time to interact with the tumble vortex.

The in-cylinder tumble flow has a special significance for SI engines
(Arcoumanis et al. 1990; He et al. 2007). The tumble vortex is intentionally gen-
erated in the cylinder and acts as a storage of kinetic energy. The piston motion
compresses the vortex as it moves toward TDC, which increases its angular speed
(spin-up effect). Close to firing TDC, the tumble vortex breaks up releasing the
kinetic energy in the form of turbulence, which is required for faster flame prop-
agation. Figure 4.36b shows the mass-averaged TKE for the simulations considered
here. As expected, without injection, the TKE levels are higher for higher engine
speed. However, during the injection, the gas jet introduces very high amounts of
TKE until the end of injection (EOI), which is the result of high velocities of the jet
as well as the destruction of the tumble vortex. The highest maximum TKE is

(a) (b)

Fig. 4.36 Comparison of the in-cylinder mass-averaged tumble number (a) and mass-averaged
TKE (b) without injection (fourth engine cycle) and with injection (fifth engine cycle) for two
injection pressures (vertical dashed lines indicate the crank angle of firing TDC)
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observed for the case with high injection pressure and low engine speed. The
maximum TKE is the lowest for low injection pressure and high engine speed
among the considered cases. In this case, the surviving tumble vortex breaks up
near firing TDC, resulting in the late increase in the TKE. Once the injection has
ended, the TKE shows exponential decay as there is no production mechanism left
in the absence of tumble motion, except the case with high engine speed and low
injection pressure. The amount of TKE available near the firing TDC can be closely
examined from Fig. 4.37. Except for 2000 RPM-8 bar case, the direct gas injection
results in lower TKE levels than without injection. One of the major reasons for this
is the centrally mounted injector configuration. If the injector is side-mounted or
inclined in an angle that results in the gas jet assisting the in-cylinder tumble
motion, the turbulence levels may be maintained or even be higher than without
injection. Therefore, it is imperative to investigate the influence of direct gas
injection on the in-cylinder flow and then optimize the injector configuration to
obtain the desired turbulence levels for faster combustion.

High turbulence levels due to direct injection have a strong impact on the
in-cylinder mixing. The mixture quality in the full engine case can be well
described by the normalized cumulative volume fraction (CVF) of the injected gas.
An ideal mixture is defined as a mixture with a constant mass fraction of the
injected gas throughout the cylinder. The CVF is computed by adding the cylinder
volume up to a certain mass fraction, which results in a monotonically increasing
curve as shown in Fig. 4.38a. The ideal mixture is represented by a vertical line.
The mixture quality for all the cases at firing TDC deviates from the ideal one. To
quantify the deviation, more statistical information can be obtained from the CVF.
A PDF is derived from the CVF (see Fig. 4.38b), and the mean, standard deviation,
coefficient of variation, and skewness of the PDF are calculated.

Table 4.5 shows the statistical parameters computed for the mixture at firing
TDC. The ideal mass fraction is computed from the total injected mass of helium
divided by the total cylinder mass after the intake valve closing (IVC). The mean
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values of the PDFs are lower than the ideal mass fraction because some of the
injected helium is transported in the intake port before IVC. The standard deviation
quantifies the degree of mixing. However, the standard deviation relative to the
mean value, also known as the coefficient of variation (CoV), is more useful to
compare mixture quality under different conditions. The lower the CoV, the higher
the mixture quality. Case 2 with high injection pressure and low engine speed has
the lowest CoV of helium mass fraction and hence the highest mixture quality. Case
3 with low injection pressure and high engine speed has a standard deviation similar
to that of case 2; however, it has the lowest mixture quality, although visually the
mixture looks more homogeneous (see Fig. 4.39). The mixture quality of the
transient case correlates with the peak turbulence levels. Higher peak TKE is
accompanied by a higher degree of mixing. A high positive skewness combined
with a low CoV of the mass fraction implies that the volume contains pockets of a
rich mass fraction, which can also be observed in the contour plots. The negative
skewness in case 1 indicates the presence of regions with lean mass fractions, which
can also be verified from the contour plots.

(a) (b)

Fig. 4.38 Mixture quality in terms of CVFs (a) and PDFs (b) at firing TDC for three cases
(vertical dashed lines correspond to the mass fraction in case of ideal mixing)

Table 4.5 Statistical parameters computed from the PDFs for three transient cases at firing TDC

Transient
case

Ideal
YHe

Mean Standard
deviation

Coefficient of
variation (%)

Skewness

1 0.05742 0.05554 0.004497 8.10 −0.05627

2 0.06170 0.06044 0.002305 3.81 2.3143

3 0.01592 0.01589 0.0024795 15.6 0.90298
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The mixing statistics can be tracked over a crank angle to assess the progress of
mixing through the engine cycle (see Fig. 4.40). The mean of the PDFs increases
during the injection and, after the EOI, approaches a constant value, which is close
to the ideal one. All three cases have a high positive skewness at the beginning,

YHe
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Fig. 4.39 Helium mass fraction at firing TDC in three cases

(a) (b)

(c) (d)

Fig. 4.40 Evolution of mixing statistics over a crank angle (filled regions indicate injection
period for the respective cases, and horizontal dashed lines correspond to the ideal mass fraction
after IVC)
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which is expected as the gas jet with rich helium mass fraction is concentrated in a
very small region near the injection boundary. The skewness fluctuates throughout
the mixing process and can be regarded as an indicator of the presence of rich or
lean unmixed regions.

4.6 Summary

This chapter focuses on resolved simulations and modeling of poppet-type injectors
and the potential impact of the direct gas injection on mixing and combustion. The
resolved simulations of the poppet-type injector were performed using a
high-fidelity LES solver, which provided detailed physical insights into the nozzle
flow, near-nozzle flow, and the global hollow-cone jet characteristics. Specifically,
complex gas passages in the injector nozzle lead to compression shocks and
expansion fans causing a flow separation at the nozzle exit. The near-nozzle gas jet
at steady state is inclined toward the poppet due to locally low pressure. The jet core
remains intact despite the high standard deviation of the velocity field. Two distinct
mixing layers develop on the inner and outer edge of the hollow cone and merge
away from the nozzle. On the macroscopic level, the gas jet develops in two stages.
The first stage involves the formation of a hollow cone, which then collapses and
forms a single gas jet in the second stage. Turbulence models in URANS simu-
lations are evaluated against the LES data, and it is found that the RNG k-e model is
suitable for the URANS simulations with respect to global characteristics and
mixing behavior, which are important for general engine simulations. Therefore, it
may be recommended for use in engine simulations with direct gas injection.

Injector needle motion essentially needs to be considered for resolved simula-
tions of electromagnetically actuated solenoid injectors. The gradual opening of the
needle results in a linear increase of axial penetration during the initial phase as
observed in the experiments. Initial conditions in the injector may influence the
global gas jet evolution and subsequent mixing. In the URANS simulations, dif-
ferent initial conditions lead to different collapsing instants, eventually affecting the
overall development of the jet. However, the sensitivity to the initial conditions in
the LES simulations is less prominent.

As the full engine simulations with detailed injector geometries are computa-
tionally expensive, the development of models for poppet-type injectors is neces-
sary. However, there are currently only a few modeling approaches for such
injectors in the literature. The recently developed MBC model considers the full
geometry of the injector nozzle and is accurate. It is validated with PIV measure-
ments in a steady-state flow configuration and full-cycle engine cases. URANS
simulations and LES with MBC model for the injector predict similar levels of
velocity magnitudes in quasi-steady-state simulations, although the LES also pre-
dicts highly fluctuating and dynamic interaction with the surrounding flow field. In
the engine configuration, there is a reasonable agreement between the velocity field
in URANS simulations and the ensemble-averaged velocity field in PIV

4 Simulation and Modeling of Direct Gas Injection … 111



measurements. The MBC model reduced the simulation run-time to the order of
weeks while enabling reasonably accurate simulations for further design and
analysis.

Using the URANS simulation data, the impact of the gas jet on the in-cylinder
flow field and mixing is analyzed. The direct gas injection introduces high turbu-
lence in the cylinder potentially destroying the tumble vortex. High injection
pressure at lower engine speeds results in high amounts of TKE because the high
momentum of the gas jet breaks the weaker tumble motion at lower engine speeds.
The TKE levels dissipate rapidly and may result in overall lower values with
injection than without. The lower TKE values near firing TDC may lead to slower
combustion if the engine is fired. Therefore, analysis of the DI-injector configu-
ration must be performed, and ways to assist the tumble motion and maintain high
turbulence levels until firing TDC must be investigated. The mixture quality is
quantified by statistical parameters such as mean, standard deviation, CoV, and
skewness of the PDFs derived from the CVFs of the in-cylinder mixture. As
expected, higher TKE leads to lower CoV of the PDFs indicating a higher degree of
mixing among the considered cases.

4.7 Future Work and Challenges

In the future, high-fidelity simulations with the LES approach including needle
motion are required to verify the conclusions of the URANS approach and accu-
rately predict the initial stages of the hollow-cone gas jet formation. The sensitiv-
ities of the URANS simulations to the initial conditions in the nozzle need to be
scrutinized. To resolve the near-nozzle supersonic jet features in detail and inves-
tigate resulting instabilities, a higher mesh resolution is required.

The MBC model has some limitations. The inflow profiles are generated for a
given pressure ratio across the nozzle and, for the cases considered in this chapter,
the nozzle pressure ratio does not change significantly, as the injection occurs
during the intake stroke. However, the nozzle pressure ratio may change depending
on the SOI if the cylinder pressure fluctuates during the engine cycle, particularly at
high engine speeds. In such cases, the nozzle may operate in under-expanded,
perfectly expanded, overexpanded, or subsonic regimes, which will require
dynamic mapping of inflow profiles, which is currently challenging. Additionally,
the mesh resolution at the mapping boundary needs to be high enough to map the
highly accurate boundary conditions from the nozzle flow simulation and obtain
reasonably accurate in-cylinder flow fields. This has direct implications on the
possibilities of further reduction of the simulation run-times.
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Chapter 5
Prospects and Challenges for Deploying
Direct Injection Technology
for Compressed Natural Gas Engines

Rajesh Kumar Prasad, Tanmay Kar and Avinash Kumar Agarwal

Abstract In this chapter, prospects and challenges of direct injection
(DI) compressed natural gas (CNG) engine technology are dealt with and compared
with conventional port fuel injection (PFI) technology used for CNG induction. DI
injector nozzle geometries are discussed along with their performance using optical
diagnostics tools such as Schlieren imaging and planar laser-induced fluorescence
(PLIF) technique. Different CNG induction methodologies are compared along with
different fueling arrangements such as induction of 100% natural gas (NG), bi-fuel,
and dual-fuel systems. DI and PFI engines are compared for volumetric efficiency
for varying fuel injection timings. In a single-cylinder prototype engine, engine
parameters are analyzed for a different start of injection (SOI) timings with varying
brake mean effective pressure (BMEP) and equivalence ratio (U). Advanced SOI
reduced the brake-specific fuel consumption (BSFC), increased the brake thermal
efficiency (BTE), and reduced the emissions.

Keywords Compressed natural gas � Injector geometry � Planar laser-induced
fluorescence � Direct injection spark ignition � Emissions

5.1 Introduction

NG is a non-renewable, naturally occurring gaseous fossil fuel, which became
popular after World War II because of development of efficient fuel storage systems
in Europe. NG does not require any refining as the petroleum products, and it exists
as a gas under pressures along with oil, deep in the earth’s crust. Compressed and
liquefied forms of NG can be directly used for transportation. In the last 20 years,
new reserves of NG have been discovered and NG reserves have now increased (by
51%) from 123.5 trillion cubic meters (Tcm) to 186.6 Tcm between 1996 and 2016
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(BP P.L.C. 2017). NG can also be extracted from methane hydrates such as
methane clathrate (CH4�5�75H2O) or (4CH4�23H2O), which also called natural gas
hydrate or gas hydrate (Methane Clathrate 2017; Lüthi et al. 2008), and this could
be potentially an inexhaustible source of NG in the future. NG can be used in
vehicles either in NG-fueled SI engines (dedicated engines), bi-fuel mode SI
engines, or dual-fuel mode compression ignition (CI) engines. NG-fueled vehicles
reduce GHG emission (especially CO2 emissions) by *20% compared to con-
ventional gasoline engines (BP P.L.C. 2017; Methane Clathrate 2017). NG is
non-toxic and has wider flammability limits, lower density, and high autoignition
temperature (*550–600 °C) (BP P.L.C. 2017; Methane Clathrate 2017). It is
reported that properly optimized CNG DI engine performs identical to a modern
gasoline direct injection (GDI) engine and is relatively more efficient thermody-
namically (Durgada and Lappas 2017; Sevik et al. 2016; Sankesh et al. 2017).

5.1.1 Methodology to Introduce NG into Vehicles

Various NG induction technologies are used worldwide, which basically differ in
the way fuel is introduced into the engine cylinder. These three are the main CNG
engine technologies:

• Port injection technology
• Dual-fuel technology
• Direct injection technology.

Port fuel injection technology

Figure 5.1a illustrates the CNG port fuel injection (PFI) technology. In this tech-
nology, CNG is introduced close to the intake port of the cylinder at a certain time,
where it is mixed with ambient air to form a premixed NG–air mixture before the
combustion. The CNG–air mixture is then inducted into the combustion chamber,
and compressed and ignited before the top dead center by a spark plug. This
technology is relatively easier to implement by employing appropriate ‘conversion
kits’ but has some shortcomings when applied to automotive engines. Major
shortcomings are relatively lower power output due to reduced volumetric effi-
ciency and thermal efficiency, engine knocking restriction, and unavoidable throt-
tling of the intake to maintain the premixed air–fuel ratio within combustible limits
at part-load conditions (Gunawan 1992).

Dual-fuel technology

Figure 5.1b illustrates the CNG dual-fuel technology. The operating mode of this
technology is based on the ignition of homogeneous CNG–air mixture by pilot
injection of diesel just before TDC. Exclusion of spark plug allows this technology
to reduce cyclic variations during engine operation up to a certain level. However,
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this technology also suffers from high pumping losses due to unavoidable throttling
at the intake and harmful emissions associated with diesel.

Direct injection technology

Recently, Westport Isuzu has developed high-pressure direct injection (HPDI)
engine technology (Fig. 5.1c), in which CNG is introduced directly into the engine
combustion chamber at a very high pressure during compression stroke, and this
mixture is ignited by a pilot injection of diesel just before the TDC. This engine
does not experience throttling losses and, therefore, avoids knocking restrictions.
This is an excellent technology; however, it needs two fuel supply systems, which
makes it a very complicated and expensive technology which still has issues such as
high HC emissions. To overcome the drawbacks of port and dual-fuel technologies,
the focus of recent research tends to be on the development of dedicated CNG direct
injection technology. It was demonstrated that increasing pilot diesel quantity
enhanced the combustion and reduced NOx emissions (Pirouzpanah and
Khoshbakhti 2006). Effect of cold EGR was studied using CFD code (AVL FIRE)
by Jafarmadar et al. (2010), and they reported that 10% EGR reduced the NOx and

(a) CNG port fuel injection (b) CNG dual fuel

(c) CNG high pressure direct injection (HPDI)
  with pilot injection

(d) CNG direct injection (DI) 

Fig. 5.1 CNG injection technology options
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soot emissions, instead of 15% EGR. It was also reported that increasing intake
swirl and intake pressure reduces the NOx emissions and increases power loss and
resistance to knock (Gharehghani et al. 2012). Heated inlet air temperature with
EGR reduced the BTE as well as NOx, unburned hydrocarbon, and CO emissions
(Paykani et al. 2012).

Figure 5.1d shows CNG DI technology schematically. In this method, CNG is
injected directly into the combustion chamber at a high pressure. The air–fuel
mixture is then compressed and ignited by the spark plug just before TDC.
Introduction of CNG directly into the combustion chamber leads to a significant
improvement in volumetric efficiency and reduces pumping losses. Exclusion of
diesel spray also permits reduction in unburned hydrocarbon emissions. Richards
et al. (Heywood 1988) investigated the performance of direct injection CNG engine
and noticed higher power output and thermal efficiency than a conventional SI
NG-fueled engine due to its relatively higher compression ratio and lower pumping
losses at part-load conditions. Ikeda et al. (Richards 1992) reported doubling the
BMEP using CNG DI technology compared to conventional SI CNG engine
technology.

5.1.2 Classifications of CNG Engine Technology

Internal combustion (IC) engine technology is one of the most exciting segments
for advanced mobility development, even in present times. Figure 5.2 shows var-
ious IC engine technologies, either available or being developed/improved further
for large-scale deployment in the transport sector.

In SI engines, either a homogeneous mixture of NG and air or gasoline and air is
inducted into the engine, and then compressed and ignited using a spark plug. SI
engines dominate the passenger car market due to its high specific power output;
however, they suffer from the problem of lower thermal efficiency as a result of
unavoidable throttling and engine knocking. In CI engines, only air is introduced
into the engine and compressed to a higher temperature. Fuel, typically diesel, is
injected into the hot compressed air, where it vaporizes, mixes with air, and

Internal Combustion (IC) Engine Technology 

Spark Ignition (SI) Engine Compression Ignition (CI) Engine  

Traditional 
SI Engine 

Homogeneous Lean 
Burn SI Engine 

GDI Engine HCCI Engine Traditional 
CI Engine 

Fig. 5.2 IC engine technology landscape
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spontaneously ignites at multiple locations. CI engines dominate the heavy-duty
engine market due to their higher efficiency; however, they face the problem of
higher particulate and NOx emissions. Therefore, comprehensive research was
required to meet the stringent emission legislation as well as to improve the fuel
economy of the engine. In the last few decades, CNG has emerged as one of the
most potential alternatives to meet these conflicting requirements. Figure 5.3
illustrates the basic structure of the existing CNG engine technologies. Each of the
techniques has unique feature/specific strategies of mixture preparation, combustion
control, and emission reduction, under the overall common goal of fuel economy
improvement.

5.1.3 CNG Charge Preparation Techniques

Higher fuel efficiency can be obtained by developing/employing effective CNG
charge preparation, which reduces engine emissions. CNG–air mixture preparation
techniques can be classified into three main categories: port fuel injection (mixture
prepared externally), dual fueling, and in-cylinder fuel injection technique (internal
mixture preparation during compression stroke).

In port fuel injection system, CNG is injected upstream of the intake valve,
where it mixes with air before entering the cylinder. This method provides an
opportunity to form a homogeneous fuel–air mixture before its entry into the
combustion chamber. Reduction in volumetric efficiency due to the displacement of
intake air and lower part-load efficiency due to throttling of intake air are two major
shortcomings of the port fuel injection strategy for CNG (Hassan et al. 2009).

Figure 5.4 illustrates dual-fuel injection technique schematically. There are two
different types of dual-fuel injection systems: with pilot fuel injection and mixing
fuel injection (MFI) systems.

In pilot fuel injection, a pilot quantity of mineral diesel is injected after the main
injection of CNG in the engine cylinder, whereas in MFI system a small quantity of

Otto Cycle 

Premixed Direct 

Mixer MPI 

Spark Plug 

Diesel Cycle 

Direct Injection 

Dual Fuel Mono Fuel 

Diesel Oil Glow Plug 

Fig. 5.3 Basic CNG engine technology landscape (Ikeda et al. 1995)
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mineral diesel is injected in advance into the CNG, so that pilot fuel and CNG are
introduced together into the cylinder in a mixed form. Generally, pilot fuel injection
strategy needs smaller pilot fuel quantity compared to MFI; however, it requires
more complicated and evolved dual-fuel injector and control systems (Dunn 2003).

Figure 5.5 illustrates CNG in-cylinder fuel injection techniques.
The side injection system has the direction of injection jet toward the wall of the

piston bowl. This system can be classified into two:

• Tumble Control Side Injection: CNG–air mixture motion perpendicular to
cylinder axis is termed as tumble motion. The design of piston bowl supports
this motion and diverts the direction of motion near the spark plug.

• Swirl Control Side Injection: Swirl air motion is parallel to the cylinder axis, and
piston wall interaction is used to prepare and transport ignitable mixture near the
spark plug.

Fig. 5.4 Dual-fuel injection strategy

CNG In-Cylinder Injection System

Side Injection Central Injection 

Tumble Control Swirl Control Open Chamber Spray Jet

Fig. 5.5 In-cylinder injection technique (Miyake et al. 1983)
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In central injection of CNG, injection direction is toward the center of the piston
bowl. It consists of the following two methods:

• Open-Chamber Central Injection: Air does not have any special motion. Only
the movement of the piston is used to prepare a homogeneous mixture.

• Spray Jet Central Injection: Piston bowl is used to control the mixture with spark
ignition trailing the edge of the spray.

However, in-cylinder CNG injection process is actually limited by lack of
availability of suitable fuel injector. An open-chamber high-pressure central injec-
tion system along with simple bowl-type piston recess on top of the piston can be
adapted as a mean for achieving reasonably good in-cylinder mixture homogeneity.

5.1.4 CNG DI Engine Technology: Hurdles and Challenges

CNG DI technology is still in the research and development stage, and its devel-
opment cost is quite high, making it difficult to initially compete with the existing
after-market conversions. Development of CNG DI engine technology faces major
challenges in the following aspects.

A. Modification of the existing cylinder head

• For accommodating fuel injector, spark plug, and a pressure transducer,
engine cylinder head needs to be modified carefully so that it can withstand
high stresses due to combustion.

B. Development of dedicated CNG injectors

• The durability of injectors due to exposure of dry gas is challenging.
• Maintenance of the injector turndown ratio to cope with adequate fuel flow

rates from high to low engine loads is challenging.
• Quick transmission of fuel injection pressures due to compressible nature of

natural gas makes it challenging.

C. Development of a flexible electronic circuit and closed-loop engine manage-
ment system is essential.

5.2 Parameters Influencing Combustion and Emissions
from DI CNG-Fueled Engines

Combustion and emissions from engines are mainly depended on the fuel–air
mixing as well as on fuel injection parameters like fuel injection duration, injection
delivery pressure, nozzle geometry, the design of piston-cylinder and turbulence
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within the chamber and engine structure (Hajialimohammadi et al. 2014). From
engine structure point of view, the throat diameter at the inlet valve seat to the
cylinder bore ratio must be gradually reduced in order to achieve optimum brake
thermal efficiency (BTE) (Yan et al. 2017). Ignition delay and combustion duration
both decrease with increasing chamber reentrant level of 0.5 rather than 0.46 to
reduced knock, heat rejection, and higher BTE (*1.5% at full load and 3% at
medium to high load). Higher chamber reentrant level results in increased flame
surface wrinkles due to a higher level of turbulence (Hajialimohammadi et al.
2014). The nozzle having 55° hollow cone angle is most effective for mixing of
CNG–air at the end of the compression stroke with early injection (Keskinen et al.
2016). On the other hand, impingement-induced mixing of CNG–air is more
dominant with the circular nozzle with 45° hollow cone nozzle with a late injection.
It promotes the toroidal vortex in the piston bowl, resulting in lower HC emissions
(Keskinen et al. 2016). Location or configuration of spark plug electrode inside the
engine cylinder is another essential factor, which affects the combustion duration.
Central spark plugs (CSPs), appropriate equivalence ratio (U), and spark plug
configurations of the SI system are effective parameters to reduce the combustion
duration. Central spark plug location for U = 1.0 gives least combustion duration.
Both Wobbe Index (WI) and maximum combustion potential (MCP) are indicators
of the performance of fuel–air mixture in IC engines (Min et al. 2002; Kakaee et al.
2014). MCP is an index of combustion speed for gaseous fuel, and it is expressed
by the following equation:

MCP ¼ 0:1H2 þ 0:6 COþCmHNð Þþ 0:3CH4
ffiffiffi

d
p ð5:1Þ

In Eq. (5.1), the numerator indicates the summations of various fractions of
constituents of NG and in the denominator ‘d’ represents the specific gravity of the
typical NG. The WI compares the combustion energy output of different compo-
sitions of fuel gas, and MCP is the indicator of the combustion characteristics of the
engines. It is reported that THC decreases and NOx slightly increases with
increasing WI and MCP (Min et al. 2002).

5.3 Optical Diagnostic Techniques for CNG Induction

Many engine researchers investigated the CNG jet structure (such as jet penetration
and jet cone angle) using different optical diagnostic techniques: Schlieren and
Shadowgraphy (Hajialimohammadi et al. 2013, 2016; Petersen and Ghandhi 2006;
Chitsaz et al. 2013; Erfan et al. 2015), PLIF (Rubas et al. 1998), and visualization
by injection in liquid ambient. Few experimental studies (Chitsaz et al. 2013; Rubas
et al. 1998; Chiodi et al. 2006; Yu et al. 2012; Mohamad et al. 2010) are con-
centrated on the structure of a jet produced by multi-hole nozzles. For direct
injector, the injection pressure, at which the fuel is injected into the cylinder,
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depends on many parameters. Taha et al. (2017) experimented with Bosch HDEV
1.2 injector, which was designed for GDI engine, and the maximum fuel injection
pressure was *200 bar. It was reported that fuel injection pressure was varied
between 20 and 60 bar for CNG (Taha et al. 2017). The injection pressure was
dependent on in-cylinder pressure at the time of injection as well as the pulse width
of the injection. High pressure was used for obtaining very high injection rates for
small pulse width.

5.3.1 Schlieren Technique for Visualization of Direct
Injection of Hydrogen

In Schlieren technique, an optical inhomogeneity was observed due to a change in
refractive index of the medium. Refractive index varies linearly with the density.
There is a change in density of the fuel delivered from the fuel nozzle due to the
presence of higher pressure or temperature compared to ambient, which affects the
light exposure to the camera. In one study, four identical prototype injectors (except
a number of holes) were developed and tested under transient gaseous jets for high
pressure (� 100 bar) by Westport Innovations, Canada (Petersen 2006).

Jet Pattern Visualizations:

The jet pattern visualization of different number of nozzle holes was done using
Schlieren in a constant volume chamber by injecting hydrogen at 104 bar in qui-
escent inert medium of nitrogen. The Schlieren end view and side views were
captured at 8200 and 4800 fps, respectively. It was reported that 3-hole and 7-hole
injectors showed irregularities between exiting jets, while 9- and 13-hole injector
jets interact with each other and formed fuel-rich regions, which restricted the fuel–
air mixing compared to a 3-hole injector (Petersen 2006).

Under-expansion Features:

One-, 3-, 7-, and 9-hole injectors produced spray of barrel structure for their
individual jets, while the individual structures produced by the 13-hole injector
appear to coalesce and create a single larger spray structure (Petersen 2006).

5.3.2 Schlieren Technique for Visualization of Direct
Injection of NG

Figure 5.6 shows the Schlieren optical setup, in which two mirrors are arranged in
Z-type. This setup consists of two identical parabolic mirrors, which were placed in
such a way that both were in opposite direction and free from optical aberration. An
outward-opening GDI injector was fitted on the top of constant volume chamber
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(CVC). A schematic of the cross section of outward-opening injector nozzle is
shown in Fig. 5.7. The included angle of the nozzle seat was � 90°. The injector
was placed on the top of the CVC having 7L capacity and four optical accesses
(Fig. 5.6). The fused silica optical windows used in CVC were 40 mm thick and
150 mm in diameter.

In this experimental study, CNG was injected into the CVC, which was main-
tained at atmospheric pressure. Images of flow near-field from a 90° conical annular
nozzle were investigated using Schlieren imaging. Experiments were performed in
20 bar steps, starting from 20 to 160 bar. It was reported that at the exit of injector,
immediately downstream of the nozzle, a hollow conical gas jet was formed, which
was followed by a toroidal vortex.

The gas jet emitted from the nozzle took the shape of annulus as depicted in
Fig. 5.7a. A toroidal vortex was formed just after gas exit from the nozzle, as
shown in Fig. 5.7b. It was reported that just after jet exit from the nozzle, with
increasing pressure, the vortex size increased first and then slowly retarded. Large
regions of recirculation were formed as the gas jet filled up the void present inside
the cone and collapsed along the injector’s axis (Fig. 5.8).

Initially, Ouellette and Hill validated (Ouellette and Hill 2000) these conditions
and various injection parameters used by them are included in Table 5.1.

The numerical model with the given conditions was developed in AVL FIRE
software, and injection modeling of methane gas into air was simulated. A snapshot
of flow field near-nozzle exit is shown in Fig. 5.9b. Exit gas flow of Mach number
1.0 occurred at the inlet boundary 1 mm downstream of the nozzle, with a complex
flow pattern, and the maximum exit Mach number obtained was 3.24. Therefore,
injection process is a strongly transient phenomenon because of needle bounces and
this conclusion was strongly supported by the simulation model. Yadollahi and

Fig. 5.6 Schlieren imaging setup of CVC using folded Z-type mirrors (Rogers 2014)
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Fig. 5.7 a Cross section of hollow conical jet. b Image of nozzle near-field at 140,000 fps,
pressure ratio = 20 (Sankesh et al. 2018)

Fig. 5.8 a Image showing jet penetration (P) and spread angle (Sankesh et al. 2018)

Table 5.1 Injection conditions used by Ouellette and Hill (2000)

Chamber dimension radius (mm) 20 mm

Chamber dimension length (mm) 90 mm

Injection pressure (MPa) and temperature (K) P0inj = 15 MPa, T0inj = 350 K

Chamber pressure (MPa) and temperature (K) P0ch = 5, T0ch = 850 K

Wall temperature (K) TW = 450(K)

Nozzle diameter (mm) dN = 0.5 (mm)

Injected mass (mg) 3.5(mg)

Turbulence level (m2/s2) 1.5 (m2/s2)

5 Prospects and Challenges for Deploying Direct Injection … 127



Boroomand (2013) also performed numerical modeling of CNG injector, and the
inputs for it are given in Table 5.2.

It was reported that single-hole nozzle injector produced much more fuel-rich
zones compared to multi-hole nozzle injector (Fig. 5.10).

It was reported that a wider nozzle angle produces deeper jet propagation
radially, compared to axially. Both axial and radial penetration depths were mea-
sured using the centroid of the jet’s projected area. This type of penetrations can
also be used for irregular jet nozzles. It was reported that low penetration rate could
be better for centrally mounted outward-opening injectors for the stratified mode in
spray-guided DISI engines.

Erfan et al. (2017) performed experiments to determine the effect of chamber
pressure (5–15 bar) on the fuel jet tip penetration depth with 40 bar fuel injection
pressure. It was found to be an inverse relation between tip penetration and pressure
of the chamber. It was noted that jet penetration was affected more by the chamber
pressure than the fuel injection pressure. The fuel injection pressure and ambient
pressure inside the chamber have a positive and negative impact on the jet pene-
tration. The jet penetration depth was found to increase with increasing fuel
injection pressures and with lower chamber pressures.

Fig. 5.9 Flow pattern in under-expansion flow: a graphical representation, (Ouellette and Hill
2000) and b numerical simulation (Yadollahi and Boroomand 2013)

Table 5.2 Inputs for
injection modeling (Yadollahi
and Boroomand 2013)

Injected fluid Methane

Chamber fluid Air

Fuel rail pressure 8 bar

Chamber pressure 1 bar

Chamber temperature 300 K

Duration of injection 10 ms

Fuel mass flow 270 mg/s
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5.3.3 Investigation of CNG Sprays Using Planar
Laser-Induced Fluorescence (PLIF)

Figure 5.11 shows a schematic of a typical PLIF experimental setup, which was
used to investigate various parameters of spray. The PLIF setup consists of a fuel
delivery system, a solid-state Nd:YAG laser (266 nm/40 mJ), sheet optics, a
digital-pulse generator, and a CCD camera. For safety reasons, instead of natural
gas, compressed nitrogen was injected and acetone was used as a tracer by simple
bubbling because it has low boiling point temperature and no toxicity (Fig. 5.12).

The numerical simulation of gaseous fuel spray results was by and large in
agreemFew researchers performed a numerical simulation of gaseous fuel injection
using the KIVA-3 V (Release 2) code. It was concluded that the core region (near
the nozzle exit) has an effect on the gas fuel penetration, which is mainly dependent
on the nozzle hole size. The modified RNG k–e turbulence model was used during

Fig. 5.10 Mean combined penetration depth for pressure ratio (PR) 20–160 in steps of 20 bar.
Fuel injection pressure (Po) = 20–160 bar. Chamber pressure (Pa) = 1 bar. Ta = To = 294 K.
(Sankesh et al. 2018)
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the injection period, and after that, the conventional RNG k–e turbulence model was
used.

ent with the experimental results obtained by PLIF (refer Fig. 5.13). The
cross-sectional image of nozzle of the gas injector could be captured by CCD
camera. It was observed that simulation results could not predict quite appropriately
using a coarse mesh. Gas jet diffusion is an important aspect in simulation and is
taken care off near the nozzle tip in order to predict the diffusion and penetration.
Gaseous fuel injection model can be used for gaseous fuel injection, CNG direct
injection as well as combustion using a coarse mesh.

Fig. 5.11 Schematic of PLIF arrangement for CNG DI spray visualization. Pinj = 2, 4.5 Mpa;
Pamb = 1 MPa; Tamb = 288 K; Injtime = 1.5 ms; dnozzle = 0.14 mm (Choi et al. 2015)

Fig. 5.12 Gas jet penetration as a function of the nozzle hole diameter, injection pressure, and
ambient pressure (Choi et al. 2015)
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5.4 Comparative Analyses of DI and PFI CNG Injection
on Engine

Figure 5.14 shows the engine experimental setup with DI injection as well as PFI
injection of CNG into the engine combustion chamber. In both PFI and DI engines,
CNG–air mixture quality and homogeneity before the spark were better than those
of conventional gasoline–air mixture, which led to more complete combustion
relatively. Due to complete combustion, BSFC, HC, and CO emissions reduced.
Lower C/H ratio of CNG reduced the CO2 emission. NOx emitted from CNG
bi-fuel engines was obviously higher than gasoline fueling, because of higher BTE
and higher combustion temperature. Since gasoline is a liquid fuel, it cools the
intake charge during mixture preparation; hence, lower peak temperature is attained
during combustion, and thus, lower NOx formation takes place in case of gasoline
combustion vis-à-vis CNG. PFI technique uses low injection pressure but early fuel
induction during suction, while in case of DI higher fuel injection pressure was used
for fuel induction during compression stroke for better atomization and improved
fuel–air mixture quality (Lee and Park 2014a, b). The injected fuel absorbs latent
heat of vaporization from pressurized air in the combustion chamber, and thus
charge cooling enhances volumetric efficiency of the engine. Better volumetric
efficiency results in improved engine power because more air is inducted into the

Fig. 5.13 Comparison of simulation results with experimental results of gas jet penetration at
different pressures (Choi et al. 2015)
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cylinder and hence more fuel (Movahed et al. 2014). In addition, a properly
designed DI system allows the fuel saving during deceleration (Alkidas and El
Tahry 2003; Fansler et al. 2009; Zhao et al. 1999).

5.4.1 Volumetric Efficiency for DI and PFI Systems

Figure 5.15a shows the comparison between DI and PFI systems for volumetric
efficiency by varying SOI timings at k = 1.0 and 20° CA bTDC spark timing. SOI
timing was varied from 330° CA bTDC to 120° CA bTDC during the experiment.
The volumetric efficiencies of DI and PFI were almost similar for early fuel
injection before the IVC. For the SOI timings varied from 330° CA bTDC to 120°
CA bTDC, the volumetric efficiencies of DI and PFI were both *38.62 ± 0.2%
standard deviations. The numerical simulation results depicted that the fuel intake
flow was influenced by the fuel injection pressure, regardless of its position.
Late DI, near the IVC, increased the volumetric efficiency. This strategy showed
optimized torque due to higher volumetric efficiency and turbulence, hence faster
combustion. This optimized strategy resulted in stable COVIMEP (<1.5%). Faster
combustion is supposed to improve BSFC under idle engine operating condition.

Fig. 5.14 Engine experimental setup with DI and PFI induction techniques (Song et al. 2017)
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Figure 5.15b depicts the effect of SOI timings and U on the volumetric efficiency
of the CNG-fueled DI engine. It was reported that retarded SOI timing increased the
volumetric efficiency of CNG-fueled DI engine. A similar observation was reported
by Goto (Goto 1999). This was because pressurized CNG displaced a high volume
of air during fuel induction and suction.

5.4.2 CNG DI Engine Performance Characteristics

Engine performance in terms of its brake thermal efficiency (BTE), brake-specific
fuel consumption (BSFC), and exhaust gas temperature (EGT) was investigated by
several engine researchers with varying engine operating conditions. The engine
specifications used for this study are given in Table 5.3.

Figure 5.16 shows DI engine performance characteristics curves for a different
SOI at varying BMEP at 1500 rpm and 50 bar CNG injection pressure.

Fig. 5.15 a Volumetric efficiency versus SOI; displacement volume 338.27 ml; 1700 rpm;
Pinj = 1.4 MPa; DI: bTDC 330–120° CA; PFI: bTDC 400–120° CA; U = 1.0; CR = 11.5 (Song
et al. 2017) and b volumetric efficiency versus U and SOI; 1500 rpm; 50 bar injection pressure;
948 CC engine capacity; CR = 9.5 (Kar and Agarwal 2015)

Table 5.3 Engine
specifications after
modifications (Kar and
Agarwal 2015)

Make Kirloskar

Model DM-10

Bore 102 mm

Stroke 115 mm

Displacement 948 CC

Compression ratio 9.5

Combustion chamber x Bowl

CNG injection pressure 50 bar

Ignition source Spark plug
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Figure 5.16a shows variation of BTE w.r.t. varying BMEP and SOI. It was
reported that for all SOI timings, BTE was higher for higher BMEP, and it reached
a maximum at intermediate load and then started reducing with further increased
BMEP. Among all SOI timings tested, 160° bBDC resulted in higher BTE under all
operating conditions. It was noted that BSFC was relatively lower at intermediate
loads compared to low load and high load conditions. Similar results were also
reported by Hassan et al. (2009) and Aslam et al. 2006 (Goto 1999). At high engine
loads, more fuel–air mixture was required to generate higher power output; how-
ever, large pumping losses were observed at low engine loads, which increased the
BSFC. The lowest BSFC was 0.26 kg/kWh obtained at 2.5 bar BMEP (for 160°
bBDC SOI). Figure 5.16b shows the variation of EGT with BMEP for different SOI
timings. EGT was lower at lower BMEP, which increased with increasing BMEP,
and the maximum was reported at 170° bBDC SOI. The engine operated in
CNG DI configuration with advanced SOI timings resulting in relatively lower
BSFC, higher BTE and EGT and vice versa. Retarded SOI timings reduced the time
available for fuel–air mixing and reduced the fuel jet penetration distance toward
the end of injection in the later part of injection or after the intake valve closing.
This happens because of the presence of higher cylinder pressures near TDC, which
offered resistance to the fuel injected. This finally resulted in relatively inhomo-
geneous CNG–air mixing hence relatively inferior engine combustion and
performance.

5.4.3 CNG DI Engine Combustion Characteristics

The in-cylinder pressure–crank angle history (P-h diagram) was obtained at dif-
ferent engine loads for CNG DI engine at various SOI conditions. Figure 5.17
shows variations of in-cylinder pressures and heat release rates (HRRs) for varying
SOI strategies.

The in-cylinder pressure at SOI at 120° CA bTDC was significantly higher
(*3.75 MPa) compared to other SOI conditions. This was due to relatively higher

Fig. 5.16 DI engine performance characteristics for varying SOI timings: a BTE versus BMEP
and b EGT versus BMEP (Kar and Agarwal 2015)
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flame speed rather than a large amount of injected fuel. The HRR curve in Fig. 5.17
was used to compare the flame speed by analyzing the combustion duration. It was
reported that the combustion duration at SOI of 120° CA bTDC was much shorter
compared to other SOI timings. As the charge was consumed and flame front
propagated toward the piston, HRR curve increased steeply and reached a maxima
at *1.5° CA aTDC before further reducing to zero at *20° CA aTDC (Song et al.
2017). Combustion duration reported (between the sparks initiated to the end of
combustion) was *40° CA. On the other hand, SOI of 270° CA bTDC showed
relatively longer combustion duration. Figure 5.18a shows that in-cylinder pressure
increased with engine load for all SOI strategies. With increasing BMEP, more
CNG was combusted, which improved the volumetric efficiency in the DI CNG
engine. Advanced SOI timings (160 and 170° bBDC) produced higher in-cylinder

Fig. 5.17 In-cylinder pressure and HRR for different SOI; MBT timing 20° CA bTDC (Song
et al. 2017)

Fig. 5.18 Engine combustion characteristics curves: a pressure versus SOI, b heat release rate
versus SOI, c mass burn fraction versus SOI; 1500 rpm; 50 bar injection pressure; 948 CC engine
capacity (Kar and Agarwal 2015)
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pressures at all BMEP. Advanced SOI timing resulted in superior homogeneous
mixture formation and improved combustion. Figure 5.18b, c shows the variations
of heat release rate (HRR) and mass burn fraction w.r.t. crank angle for different
SOI timings.

It was reported that HRR increased with increasing BMEP as well as retarded
SOI. This was because of more CNG injected and faster combustion rates at high
BMEP. For all BMEP, advanced SOI timings (160° and 170° bBDC) resulted in
higher HRR compared to retarded SOI timings; however, 2.8 bar BMEP resulted in
identical HRR curves. At all engine BMEPs, advanced SOI timing shifted the
maximum HRR closer to the TDC as compared to the retarded SOI timings.
Moving closer to TDC pointed at possibly faster flame speeds and reduced the
combustion duration for advanced injections. Figure 5.18c shows the percentage of
mass burn fraction (MBF) at different SOI timings. It was reported that advanced
SOI timings resulted in relatively earlier SOC and vice versa.

5.4.4 CNG DI Engine Emission Characteristics

Figure 5.19a shows the variations of HC mass emissions with BMEP, and corre-
sponding U is indicated in Fig. 5.19b for different SOI timings. It was reported that
either at lower BMEP or at lower U, HC emissions were higher, and they decreased
with increasing BMEP and U. At lower BMEP, relatively slower flame speed of
CNG–air mixture was unable to burn the charge completely, which led to increased
HC emissions. On the other side, at higher BMEP, lack of oxygen in rich CNG–air
mixtures resulted in incomplete combustion and increased unburned HC emissions.
The unburned HC emitted in case of CNG-fueled DI engine for all operating
conditions varied between 2.0 and 20.7 g/kWh. It was also noticed that retarded
SOI timings increased the HC emissions compared to advanced injection timings.
Advanced SOI timing provided adequate time for mixture preparation, leading to
relatively superior combustion (Goto 1999).

Fig. 5.19 Unburnt HC emissions for different SOI timings: a mass emissions of HC versus
BMEP and b mass emissions of HC versus equivalence ratio; 1500 rpm; 50 bar injection pressure;
948 CC engine capacity (Kar and Agarwal 2015)
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Figure 5.20 depicts variations of NO w.r.t. BMEP and U for different SOI
timings at 1500 rpm and 50 bar CNG injection pressure. It was reported that at a
relatively lower engine load and lower U, marginally lower NO was produced due
to low combustion temperature, which increased exponentially with increasing U
up to 0.9. However, at higher BMEP with U in the range of 0.8–0.9, higher
combustion temperature and the presence of sufficient excess oxygen produced
higher NO. Experimental data showed that NO varied in the range of 12–42 g/kWh.
It was also observed from Fig. 5.20 that NO emission increased with advanced SOI
timing due to relatively faster flame speed and more complete combustion and vice
versa (Goto 1999).

Figure 5.21 shows the variation of CO w.r.t. BMEP and U at 1500 rpm and for
different SOI timings. CO emitted from DI engine combustion is strongly influ-
enced by CNG–air mixture strength. It was reported that engine operating at higher
BMEP produced higher CO, and at higher equivalence ratio, it produced lower CO
due to combustion of relatively leaner mixture. However, CO emission increased
with increasing U because of formation of localized rich zones. Different SOI
timings showed minor variations in CO, which lies between 0.05 and 0.1% (v/v),

Fig. 5.20 NOx emissions for different SOI timings: a mass emissions of NO versus BMEP and
b mass emissions of NO versus equivalence ratio; 1500 rpm; 50 bar injection pressure; 948 CC
engine capacity (Kar and Agarwal 2015)

Fig. 5.21 CO emissions for different SOI timings: a mass emission of CO versus BMEP and
b raw emission of CO versus U; 1500 rpm; 50 bar injection pressure; 948 CC engine capacity
(Kar and Agarwal 2015)
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which was relatively lower compared to conventional gasoline-fueled engines.
Inferior combustion was reported in case of retarded SOI timings, which resulted in
relatively higher CO emission compared to that of advanced SOI timings.

Figure 5.22 shows the variation of CO2 emissions w.r.t. BMEP and U from
CNG–air engine under different SOI timings. It was noticed that CO2 emissions
reduced with increasing BMEP due to the requirement of lower CNG quantity to
produce higher power output and it varied from 4–8% (v/v). On comparing CO2

emissions with typical gasoline SI engine, CNG DI engines produced roughly 20%
lesser CO2 emissions (Aslam et al. 2006). This was due to lower
carbon-to-hydrogen ratio of natural gas compared to gasoline. CO2 emissions
increased with retarded SOI timing in spite of its inferior combustion characteristics
because the CNG mass required to meet a particular load was higher in retarded
SOI timing compared to an advanced SOI timing.

5.5 Conclusions

CNG DI technology is effective for enhancing the volumetric efficiency of the
engine; hence, greater power output can be extracted from the vehicle. Different
relevant cases were discussed in detail to understand the effect of injector nozzle
parameters on engine performance using various optical tools, and thereafter,
engine experimental investigations were performed to assess the performance,
emissions, and combustion characteristics of a CNG DI engine operated under
different SOI timings for varying BMEP. The following conclusions were drawn:

1. Schlieren images from CVC showed that at the start of injection, a hollow
conical gas jet was formed, followed by a toroidal vortex. The wide nozzle angle
*90° resulted in greater jet propagation radially than axially.

2. Nozzle with outward-opening injectors would be suitable for stratified mixture
in spray-guided engine with lower spray penetration.

Fig. 5.22 CO2 emissions for different SOI timings: a mass emissions of CO2 versus BMEP and
b mass emissions of CO2 versus U; 1500 rpm; 50 bar injection pressure; 948 CC engine capacity
(Kar and Agarwal 2015)
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3. The injection pressure has an influence on the jet penetration and penetration
length increased with an increasing fuel injection pressure, while chamber
pressure had an opposite impact on the jet tip penetration.

4. The volumetric efficiency of CNG DI reduced at advanced SOI timings.
Advanced SOI timings such as 170° reduced the BSFC and increased the BTE
compared to retarded SOI timings at all engine loads.

5. Advanced SOI timings resulted in relatively lower unburned HC and higher NO
emissions.

6. At moderate BMEP, BSFC and BTE were relatively lower.
7. Unburned HC emissions decreased with increasing engine BMEP up to an

equivalence ratio of 0.9 but simultaneously increased NO and CO2 emissions.
8. Retarded SOI strategies resulted in relatively lower peak in-cylinder pressure

and maximum HRR compared to the advanced SOI timings.

Overall, CNG DI technology offers a host of advantages; however, the engine
performance, combustion, and emissions need to be adequately optimized using
flexible injection control systems.
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Chapter 6
Effects of EGR on Engines Fueled
with Natural Gas and Natural
Gas/Hydrogen Blends

Luigi De Simio , Michele Gambino and Sabato Iannaccone

Abstract The exhaust gas recirculation can be used in a stoichiometric engine, for
suppressing knocking and increasing efficiency, without a significant impact on
pollutant emissions, since charge dilution is obtained with inert gases, allowing
closed-loop control operations. However, relatively high EGR rates make worse the
combustion process. This chapter deepens the effects of EGR on the performance of
gaseous powered engines. In particular, the experimental data have been obtained
fueling two engines with NG and NG/H2 mixtures until 40% by volume of
hydrogen, at steady state for different loads, measuring emissions upstream and
downstream the three-way catalyst and analyzing the combustion process.
A naturally aspirated light-duty spark ignition engine and a turbocharged
heavy-duty one were tested. The results obtained with the two engines were con-
sistent with each other. In particular, EGR could be utilized to have high specific
power, with reduced thermal stress, but also to increase engine efficiency.
Moreover, NG fueling permits a large flexibility in EGR system design, due to very
clean engine-out exhaust gas, without visible particles. H2 added to NG allows to
mitigate the effect of EGR in reducing combustion speed. The positive effect of H2

as combustion booster is more evident at EGR rate increasing. Nevertheless, with
EGR, an increment of raw THC emission has been observed. Moreover, for the
lower exhaust gas temperatures, oxidation of THC in the catalyst could result less
effective. For these reasons, the blends with high hydrogen content, allowing a
significant reduction of THC formation directly in the combustion chamber, can be
usefully utilized for engines optimization with high EGR rates.
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List of Acronyms

ATDC After top dead center
BMEP Brake mean effective pressure
BSFC Brake specific fuel consumption
BTDC Before top dead center
COV Coefficient of variation
CR Compression ratio
ECU Electronic control unit
EGR Exhaust gas recirculation
HD Heavy duty
HR Heat release
ID Incubation duration
IMEP Indicated mean effective pressure
LHV Lower heating value
LPR Low-pressure route
MAP Manifold absolute pressure
MCD Main combustion duration
NG Natural Gas
NGup Natural gas unburned percentage
PWM Pulse-width modulation
SAFR Stoichiometric air to fuel ratio
SI Spark ignition
ST Spark timing
THC Total hydrocarbons
TP Throttle valve position
TWC Three-way catalyst
WG Wastegate
WHTC World harmonized transient cycle test
WOT Wide open throttle

List of Symbols

CA50 Crank angle for 50% heat release ATDC
EGR% EGR rate
M Molecular weight
m Mass flow rate
P Power
Wc Water content
yH2 Mass fraction of H2 in the NG/H2 blend
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6.1 Introduction

Comparing stoichiometric and lean burn technologies, the first allows to realize
spark ignition (SI) engine with very low emissions, while the second allows lower
thermal load and fuel consumption, but with worse emissions (Corbo et al. 1995).
In particular, a three-way catalyst (TWC), which allows very low THC, CO, and
NOx emissions with stoichiometric fueling, is not able to reduce NOx in lean
condition. Moreover, simple and cheap after-treatment systems to reduce NOx are
not available. With natural gas engine, also the emissions of unburned methane
could be a problem with lean mixtures, due to the lower exhaust temperatures,
which could affect methane conversion efficiency. To reduce engine thermal load
and improve fuel specific consumption, exhaust gas recirculation (EGR) could be
used. EGR technology consists in bringing a part of the exhaust gas to the intake
manifold. Exhaust gas, in the case of stoichiometric fueling, is composed by CO2,
N2, and H2O; therefore, EGR implies the dilution of the intake charge with inert
gases that do not influence closed-loop control for stoichiometric fueling which is
necessary for proper working of the TWC.

EGR strategy was initially developed for compression ignition engine, as shown,
for example, in the articles Bae (1995) and Kohketsu et al. (1997), to reduce NOx

emission, thanks to the dilution effect (reductions in O2 available) and thermal effect
(increases in the specific heat capacity of in-cylinder working gas) of inert species
(Ladommatos et al. 1996), which achieve a reduction of in-cylinder maximum
temperature, on which NOx emissions strongly depend. A lot of commercial diesel
engines are nowadays equipped with EGR due to the effectiveness and to the
cheapness of this technology.

EGR has been also proposed for optimizing gaseous fueling of compression
ignition engine with pilot injection (dual-fuel technology). In these dual-fuel
engines, EGR could improve such a complex combustion process, as shown for
example in the articles (Dishy et al. 1995) and (Millo et al. 2000) to achieve a more
smoothed combustion or in De Simio et al. (2007) to allow the optimization of low
loads with a throttle valve. More recently, EGR has been studied as a parameter on
which to act for affecting chemical kinetics of the auto-ignition process of natural
gas as in Singh Kalsi and Subramanian (2016) and Jamsran and Lim (2016).

Focusing on SI natural gas (NG) engines, EGR strategy has been analyzed with
different purposes. Since SI NG engines produce very negligible soot at the exhaust
gas, any of the possible EGR routes can be utilized without the inconvenience to
dirty the intake manifold or the compressor or to lock the EGR valve. The exhaust
gas can be spilled before or after the turbine and can be introduced into the intake
manifold before or after the compressor. Moreover, EGR can be cooled or not.

When exhaust gases are taken upstream the turbine and mixed with fresh air
downstream the compressor, a high-pressure route is followed, while when exhaust
comes from tailpipe to the engine intake, it follows a low-pressure route. Mixed
solutions are also possible.
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In De Simio et al. (2009), three EGR routes are compared with the scope to
achieve the highest possible EGR rate for a six-cylinder, turbocharged gas engine.
The best setup, which allows to introduce the highest EGR quantities, to provide the
best reduction of the thermal load at rated power, was found to be a cooled
low-pressure route (LPR) EGR. However, high–low-pressure route could give the
possibility to increase engine efficiency by modulating the power output in the
widest un-throttled range operation. In Li et al. (2014), intake dilution of a
six-cylinder, turbocharged, intercooler, and large-powered NG engine was obtained
with inert addition like CO2 and N2 instead of by re-cycling exhaust gas, to evaluate
the effect of each component on NOx emissions. They found that CO2 is more
effective than N2 in reducing NOx emission. In addition, with reference to the
diluent and to the thermal effects, they are almost comfortable in the view of
reducing NOx emissions for both N2 and CO2. In Ibrahim and Bari (2008), a
numerical model was developed for a single cylinder research SI engine fueled with
NG. The engine employs a stoichiometric mixture with EGR dilution. In particular,
it has been predicted the minimum dilution value of EGR that could prevent
knocking at high compression ratio (CR). In Ibrahim and Bari (2010), on the same
engine, the author found that the engine tolerance to EGR increases with the raise of
inlet pressure. In Zhang et al. (2016), a turbocharged SI NG engine for heavy-duty
trucks, with TWC and cooled EGR, adopted stoichiometric combustion. EGR was
optimized on the whole engine map with a generally positive trend, increasing EGR
rate with engine load. The author found that the Euro VI emission standard for NOx

emissions (0.46 g/kWh on the WHTC, world harmonized transient cycle test) can
be achieved without difficulties, while engine-out CO emissions could increase, in
particular in high-speed/high-load regions with high EGR rates. In Zhang et al.
(2017), they found high THC emissions in the late stages of the rural subcycle and
in the whole motorway subcycle, due to rapid torque change of the WHTC cycle
test and the fact that EGR rate changes accordingly, giving less combustion sta-
bility. In Feng et al. (2018), the effects of increasing CR and intake boosting when
operating engine with cooled EGR are characterized and compared in a single
cylinder research engine equipped with a variable CR mechanism. They assess that
combing either intake boosting or increased CR with cooled EGR can further
improve engine performance within acceptable regulated emissions. In Yan et al.
(2017), on a six-cylinder heavy-duty engine, the author test, in addition to a CR
increasing and EGR, the use of late intake valve closing to obtain expansion stroke
longer than compression one and further increase engine efficiency. In Sen et al.
(2011), the authors investigated the effect of EGR on the cycle-to-cycle variations
in a three-cylinder light-duty NG SI engine. The paper investigates the frequency
variations of the indicated mean effective pressure (IMEP) time series, highlighting
the fact that EGR promotes low-frequency oscillation. On the same engine, the
authors in Hu et al. (2009) studied also NG-hydrogen blends combined with EGR.
The engine was fueled with mixture up to 40% by volume of hydrogen increasing
EGR rate up to 40%, founding, in particular, that the coefficient of variation of the
indicated mean effective pressure, which increases with the increase of EGR rate,
could be reduced with hydrogen addition.
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In this chapter, using experimental campaigns carried out on both a light-duty
and a heavy-duty engine fueled with stoichiometric mixtures, a discussion will be
carried out on the effects that the addition of recycled gas and hydrogen have on the
completeness of the NG combustion. To evaluate in a direct and effective way the
opposite effects coming from these factors, hydrogen which tends to promote
combustion and EGR which, on the contrary, tends to oppose it, two parameters
have been carefully calculated: the EGR rate and the NG unburned percentage.

6.1.1 EGR Rate

The EGR rate (EGR%), which is the percentage of engine exhaust in the mixture
entering the engine, as defined in Eq. (6.1), is often estimated with the formula
(6.2), (Kohketsu et al. 1997), in which the increased CO2 concentration at the inlet
manifold, with respect to the ambient concentration (roughly 400 ppm), is directly
related to the share of exhaust gas recycled.

EGR% ¼ mEGR

mEGR þmair
� 100 ð6:1Þ

EGR% ¼ CO2½ �intake� CO2½ �ambient

CO2½ �exhaust� CO2½ �ambient
� 100 ð6:2Þ

This estimation does not take into account the injected fuel, which alters the
mass balance between engine intake and exhaust, or the different density and the
mixture composition which influence the molar concentration of the involved
species. While the formula could result sufficiently approximated for diesel engine
running with high air dilution, for stoichiometric engine, the EGR rate could be
underestimated. For NG engines, this underestimation could be up to a 15–20%.

A more approximated evaluation could be obtained performing a mass balance
of the gaseous flows between the engine intake and the exhaust, the measurement of
composition in each section through sampling analysis, and water production
calculation.

The mass flow of EGR gas can be obtained by calculating separately the flow
rate of dry gas and that of the water vapor. This separation is made necessary by the
fact that from the gas analyzers, it is possible to derive the exhaust composition, on
a dry basis, as O2, CO2, and consequentially N2. Air mass flow rate and humidity
are commonly measured at the engine intake, respectively, with mass flow meters
and hygrometers; therefore, water vapor content can be calculated and consequently
the dry air mass flow rate. The water produced during the fuel combustion can be
calculated directly from the fuel composition and the fuel mass flow rate. From
these parameters, and measuring the dry composition at the intake and the exhaust,
it is possible to obtain the EGR rate.
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In the following, M is the molecular weight, m the mass flow rate, concentration
in bracket the molar fraction, while the suffix wc stands for water content.

CO2 entering the engine both with the intake air and with the recycled exhaust
gas can be calculated with the Eq. (6.3):

mCO2; air; dry þmCO2;EGR; dry ¼ CO2½ �intake; dry
MCO2

Mintake; dry
mair; dry þmEGR; dry
� � ð6:3Þ

Parameter in Eq. (6.3) can be calculated with the followings formulas.

Mintake; dry ¼ CO2½ �intake; dryMCO2 þ N2½ �intake; dryMN2 þ O2½ �intake; dryMO2 ð6:4aÞ

mCO2; air; dry ¼ CO2½ �ambient
MCO2

Mair; dry
mair; dry ð6:4bÞ

mCO2;EGR; dry ¼ CO2½ �exhaust; dry
MCO2

Mexhaust; dry
mEGR; dry ð6:4cÞ

Mexhaust; dry ¼ CO2½ �exhaust; dryMCO2 þ N2½ �exhaust; dryMN2 þ O2½ �exhaust; dryMO2 ð6:4dÞ

In formulas (6.4a, b, c, d), [CO2]ambient is the CO2 molar fraction in ambient air
and was assumed to be 4 � 10−4 (i.e., 400 ppm), considering the available liter-
ature data with a single significant digit.

The only unknown parameter of Eq. (6.2), the dry mass flow rate of EGR, can be
calculated with the Eq. (6.5), obtained substituting (6.4b) and (c) in (6.3):

mEGR; dry ¼
CO2½ �intake; dry MCO2

Mintake; dry
� CO2½ �ambient

MCO2
Mair; dry

CO2½ �exhaust; dry MCO2
Mexhaust; dry

� CO2½ �intake; dry MCO2
Mintake; dry

mair; dry ð6:5Þ

It is possible to note that approximated Eq. (6.2) can be obtained substituting
Eq. (6.5) in (6.1), neglecting water content in EGR, if CO2 concentration is mea-
sured on a dry basis, and assuming: Mintake, dry � Mair, dry � Mexhaust, dry.

As regards the water vapor content in the EGR, as the percentage of dry exhaust
gas recycled must be the same of the percentage of water in the exhaust gas
recycled, the Eq. (6.6), in which f is a constant, can be written:

mEGR; dry

mexhaust; dry
¼ mEGR;wc

mexhaust;wc
¼ f ð6:6Þ

Therefore, the recycled water can be calculated with the Eq. (6.7) obtained from
the Eq. (6.6), sorting all the sources of water in the exhaust and calculating water
from combustion as the mass of water produced per mass of fuel burned.
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mEGR;wc ¼ f � mair;wc þmEGR;wc þmcombustion;wc
� �

¼ f
1� f

mair;wc þmcombustion;wc
� � ð6:7Þ

The total mass of exhaust gas recycled is given by the Eqs. (6.5) and (6.7).

6.2 NG Unburned Percentage

To evaluate the effect of EGR and H2 addition on the combustion a parameter,
defined in De Simio et al. (2016), was used.

NGup ¼ mTHC

mNG
¼ mTHC=P

BSFC 1� yH2ð Þ � 100 %½ � ð6:8Þ

NGup, which stands for “natural gas unburned percentage,” evaluates the exhaust
THC mass flow rate with respect to the NG consumption. Unburned H2, that is not
taken into account by THC measurement device, does not affect NGup; therefore,
with NG/H2 blends, a less value of NGup clearly shows a more complete NG
combustion, reduces THC emissions achieved with H2 addition.

In the case of full natural gas running, the parameter coincides with the com-
bustion efficiency; therefore, an increasing of NGup with EGR rate indicates a worse
combustion condition.

6.3 Experimental Setup

Tests with some NG/H2 blends were carried out on two engines: a light duty and a
heavy duty. To the HD SI turbocharged engine (main characteristics in Table 6.1)
was added a cooled LPR EGR, in which the exhaust gases come from the turbine
outlet at the compressor inlet. The EGR rate was set with a valve using a
pulse-width modulation (PWM) signal. An electronic control unit (ECU) enabled to

Table 6.1 Main
characteristics of the reference
HD SI NG engine

Type Six-cylinder in-line

Displacement 7800 cm3

Bore � stroke 115 � 125 mm

CR 11:1

Rated power 200 kW @ 2100 rpm

Max. torque 1100 Nm @ 1100–1650 rpm

Boost pressure 0.8 relative bar, with wastegate valve

NG feeding system Electronic timed multi-point injection
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set the main operating parameters (air/fuel mixture, spark timing, wastegate valve
duty cycle, etc.). The apparent heat release (HR) curves were calculated from a
mean over 100 consecutive pressure cycles to identify the incubation duration (ID),
angular interval between the spark and 10% HR; the main combustion duration
(MCD), angular interval between 10 and 90% HR, and the crank angle for 50% heat
release (CA50), as the angle at which 50% of heat is released. The spark timing
(ST) was set to have a CA50 close to 8–10° after top dead center (ATDC), which is
commonly considered a condition for the best thermal conversion efficiency at fixed
engine brake torque.

For the light-duty naturally aspirated engine, which main characteristics are
shown in Table 6.2, the exhaust gas was taken before the catalyst and reintroduced
after the throttle valve.

Moreover, the exhaust gas recycled has been cooled using the engine liquid
coolant. The EGR control valve was similar to that used for the HD engine, but with
feedback on working position to be sure of the absence of any uncertainty in the
valve position. This was necessary, because the EGR route does not always exhibit
a strong difference in the pressure between the inlet and the outlet section. Due to
the complex fluid dynamic of a reciprocating engine and the mutual influence that
have both the intake and the exhaust pressure on the EGR line, also the position of
the throttle valve strongly affected the EGR rate. Therefore, the rate of EGR can be
significantly different if a given position of the valve is reached in closing or
opening maneuvers and also if the given position is reached more slowly or more
quickly. For this reason, to find a prefixed EGR rate, the position of the EGR valve
has been varied for further approximation very accurately, using the feedback
position signal. In particular, the points at low EGR rate were more difficult to
perform, for finding the required EGR rate. This behavior, not observed on the HD
turbo engine, made the experimental activity on LD engine longer than that on the
HD one.

The installed EGR valve is closed with a PWM duty cycle of 97.5%, and fully
open at 0%. It worked properly. In fact, at a fixed PWM signal, no EGR variation
was observed over the time and no EGR rate was measured when the EGR valve
was closed. Anyway, a specified EGR rate did not correspond to a given position of
the valve. In Fig. 6.1, the results at different EGR rate, for two engine throttle valve
positions (TP), are reported for three repetitions (series 1–3). Since there is not a

Table 6.2 Main
characteristics of the reference
LD SI NG engine

Type Four-cylinder in-line

Displacement 1596 cm3

Bore � stroke 80.5 � 78.4 mm

CR 10.5:1

Rated power 76 kW @ 5750 rpm

Max. torque 144 Nm @ 4000 rpm

Boost pressure Naturally aspirated

NG feeding system Electronic timed multi-point injection
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close correlation between the measured EGR rate and the PWM duty cycle set, this
means that the amount of EGR in steady state does not depend mainly on the
position of the EGR valve, but it depends also on the story of the EGR valve
changing. Also for the LD engine, test cases refer to the optimal ST phasing.

A list of the main instrumentation used for both HD and LD engines is reported
in Table 6.3.

The experimental activity has been carried out with NG and two blends con-
taining a nominal 20 and 40% of hydrogen by volume, with and without EGR, at
steady state in different engine conditions, measuring emissions upstream and
downstream the catalyst and analyzing the combustion behavior through the study

Fig. 6.1 EGR rate at different PWM values at 2000 rpm for all the test conditions

Table 6.3 Instrumentation for emissions and performance measurement

Unit Type Range Accuracy

Air flow ABB sensy flow P (HD) 1200 kg/h ±1% of
reading

Laminar flow meter cussons
(LD)

0 � 350 l/s ±1% of
reading

Fuel Micro motion elite 50 kg/h <1% of
reading

THC Multifid 14 EGA 0 � 10,000 ppm
C3

0.5% of range

CO URAS 14 EGA 0 � 10% <1% of range

NOx CLD ecophysics 0 � 5000 <1% of range

CO2 URAS 14 EGA 0 � 20% 1% of range

O2 MACROS 16 EGA 0 � 25% 0.5% of range

In-cylinder
pressure

Piezoelectric pressure
transducer

0 � 250 bar 0.1% of range
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of pressure cycles inside the combustion chamber. An EGR mass percentage until a
maximum of 25–30% was tested.

All the fuels were analyzed, and the results are shown in Table 6.4, while the
main characteristics of the fuels, like stoichiometric air to fuel ratio (SAFR) or
water production through combustion, have been calculated and reported in
Table 6.5.

In the following, the experimental activity on the HD engine and on the LD
engine and a comparison among the results is shown.

6.4 Experimental Activity on the Heavy-Duty Engine

A first experimental activity was carried out only with NG, at SAFR condition with
closed-loop control, at different engine speeds and loads, adding EGR, without
changing the ST. The main results of this activity are reported in Fig. 6.2, as the
effect on ID and MCD. Each point of the lines in Fig. 6.2 is an average value
obtained from points with different loads (from 170 to 850 Nm), but at the same
speed. It resulted in quite representative of the behavior of the engine at each speed,
being the relative standard deviation of the data at different load less than 5 and
15%, respectively, for ID and MCD. It is possible to note that both ID and MCD are
not strongly affected by the speed at each EGR rate. From the above two mean trend
lines, main combustion duration is almost not affected by the speed at EGR
increasing.

Therefore, as a first wider approximation, to make possible a simple evaluation
of EGR effect on combustion development, it can be assumed that ID and MCD are
almost not affected by engine load and speed at each EGR rate. In Fig. 6.2, also the
relationship between combustion parameters and EGR rate with relative correlation
factors is reported.

Table 6.4 Tested fuel composition

Fuel CH4 H2 C2H6 C3H8 CO2 + N2

% vol % vol % vol % vol % vol

NG 85.36 0.00 9.47 1.75 3.40

NG/H2 20% 69.89 18.20 6.86 1.40 3.65

NG/H2 40% 50.55 37.87 6.80 1.33 3.44

Table 6.5 Tested fuel characteristics

Fuel SAFR LHV yH2 H/C CO2 H2O

kg/kg MJ/kg kg/kg g/MJ kg/kg

NG 15.89 46.27 0.00 3.71 57.07 2.01

NG/H2 20% 16.16 47.56 0.02 4.09 53.89 2.15

NG/H2 40% 16.56 49.44 0.06 4.79 48.70 2.36
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6.4.1 Effect of EGR on HD Engine BSFC

The tests on the HD engine have revealed the possibility to reduce fuel con-
sumption by means of EGR, when a spark timing optimization is made, to com-
pensate the lower flame combustion speed and achieving the maximum thermal
efficiency at a given engine brake torque. The results, reported in Fig. 6.3, are
consistent with this trend, especially at low loads.

The fuel consumption reduction can be related to both a lower pumping work
and a lower heat loss (thermal exchanges through walls, sensible heat of the exhaust
gases). A lower pumping work implies a lower active work at the same engine
torque, while a lower heat loss requires lower fuel to burn to retain the same
in-cylinder pressure.

Fig. 6.2 Effect of EGR on ID (a) and MCD, (b) for the HD engine, without changing the ST

Fig. 6.3 EGR effect on
BSFC at 1100 rpm for the HD
engine (ST optimized)
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The fraction related to the pumping work could be very small or negligible.
Actually, the indicated work (Wi) can be expressed as:

Wi ¼ Wa þ Wp

where Wa is the active work (Wa > 0) and Wp is the pumping work.
Generally, Wp< 0, although at full load and with turbocharger, it is possible to

have Wp > 0. If Wp < 0, a positive effect of the EGR on Wp would imply a decrease
of | Wp | due to higher throttle valve opening angles, while it would imply an
increase, if Wp > 0, due to higher boost pressure (i.e., higher mass flow rate to the
turbine). At the same operating conditions, and therefore at the same Wi, a positive
effect of the EGR on Wp would cause a Wa reduction. Such a Wa decrease would
determine the same reduction of consumption, assuming negligible the effects of a
different cycle development/peak pressure positioning, for pressure cycles with
optimized ST.

Figure 6.4 shows some indicated pressure cycles during the phases of the change
of charge. It is notable that at low load (a), although the mean pressure into the
cylinder increases with EGR, there is no effect of the EGR on the Wp, while at mean
load (b), the Wp increases from negative to positive values, due to a higher boost
pressure and therefore of the net work acting on the piston also during the change of
the charge. However, this work is of small entity (about 0.5%) respect the Wa.

Therefore, it is reasonable to think that the lower fuel consumption found in the
case of EGR is mainly due to a reduction of the heat exchange. This reduction is
always present with EGR, and it allows to increase the indicated active efficiency
and therefore to decrease the natural gas quantity for each cycle necessary to reach
the required indicated torque.

To verify and deepen the experimental results, the EGR effect on the con-
sumption has been analyzed through a mono-dimensional numeric model. To do
this, the engine has been modeled both with and without EGR, on all the operating
conditions. The EGR% has been set at the maximum possible value, for each

Fig. 6.4 EGR effect on pumping cycle at 1100 rpm and 170 Nm (a) or 640 Nm, (b) for the HD
engine (ST optimized)
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condition, without overcoming the 25% threshold. At low load, this result has been
reached increasing the throttle valve opening, while at medium–high loads acting
also on the wastegate valve (WG), to increase the turbocharging and so allow to
introduce EGR, besides the air, to obtain the required torque. The model has
ignored the EGR effect on the combustion efficiency, and it has been considered the
optimization of the spark timing, both with and without EGR, to have an optimal
burner center gravity, considering a lower combustion speed, with EGR, according
to the trend of Fig. 6.2. More details about the numeric model construction are
reported in De Simio et al. (2009). The results of the model, useful to analyze the
BSFC, are reported in Figs. 6.5, 6.6 and 6.7.

Figure 6.5 shows the BSFC percentage reduction of the engine with LPR EGR
compared to the base configuration (without EGR). The possibility of obtaining a
reduction in consumption of up to 7% in any operating condition of the engine is
evident.

The effect of the pumping on fuel consumption reduction (IWp/DBSFC) has been
evaluated as:

IWp=DBSFC ¼ DWa

DBSFC
� 100 %½ � ð6:9Þ

where DBSFC represents the consumption percentage reduction in the case of LPR
with respect to the base case, and DWa represents the active work percentage
variation in the case of LPR with respect to the base case. As before mentioned, the
Eq. (6.9) was written assuming that for a given Wa percentage reduction, and there

Fig. 6.5 Calculated BSFC percentage reduction achievable switching from the base case to the
LPR EGR case on the whole HD engine map (ST optimized)
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Fig. 6.6 Calculated weight of pumping loss reduction on BSFC percentage reduction achievable
switching from the base case to the LPR EGR case on the whole HD engine map (ST optimized)

Fig. 6.7 Calculated weight of heat transfer reduction on BSFC percentage reduction achievable
switching from the base case to the LPR EGR case on the whole HD engine map (ST optimized)
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should be about the same percentage of consumption reduction. Therefore, the
positive influence of pumping work reduction on the BSFC reduction is directly
related to the active work reduction percentage (i.e., IWp/DBSFC is 0% if there is not a
reduction in the active work in the EGR case, and it is 100% if the active work
percentage reduction is the same as BFSC one). This parameter is shown in
Fig. 6.6. It is notable that the influence of the pumping work on the fuel con-
sumption reduction does not exceed 22%, while exists a zone, at high speeds and
low/medium loads, where the pumping work is even increased when the EGR is
used. Therefore, in that zone, the effect of EGR on the consumption is zeroed
because of the EGR flow requires more active work, due to the increase of gas
speed through engine valves, which is not balanced by lower-pressure drops
through the throttle valve.

The effect of the lesser heat exchange on fuel consumption reduction (IQ/DBSFC)
has been valued, instead, as complement to 100%, with Eq. (6.10):

IQ=DBSFC ¼ 100� IWp=DBSFC %½ � ð6:10Þ

Equation (6.10) assumes negligible the effect of unburned fuel, and combustion
phasing on the BSFC. Therefore, lower BSFC, in the case of EGR, which is not
related to a lower pumping work, must be related to lower in-cylinder wall heat
losses, which implies less fuel for retaining the engine torque at the same level
without EGR. These conditions, that have been considered in the model, could be
realistic if not high EGR rate is achieved, being small the worsening of combustion
and the difference in cycle development, once the ST is adapted. This effect,
reported in Fig. 6.7, clearly shows that the lower fuel consumption calculated with
EGR is mainly due to the reduction in heat exchange with the walls. The influence
of minor thermal exchange on the consumption reduction ranges between 75 and
100%. In particular, where the pumping work increases with EGR, it is the same
possible to have a reduction of the fuel consumption, thanks to less heat exchanges.

6.4.2 Combined Effect of EGR and H2 Addition

The main activity was performed changing the ST with EGR and adding H2. The
engine was tested with the WG valve fully open and at wide open throttle (WOT).
Engine speed was set at 1100 and 1500 rpm.

At increasing EGR, the substitution of part of the inlet air with exhaust gases
causes a BMEP reduction at fixed SAFR, Fig. 6.8. Comparing the three blends,
only negligible reductions of BMEP were observed with H2 admission, due to the
small reduction of the heat content of the stoichiometric mixture. In the same figure,
also the manifold absolute pressure (MAP) is reported. Although the less air
entering the engine, MAP is not much influenced by EGR, because the gas mass
flow rate expanding into the turbine is more or less the same at EGR increasing,
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even if at lower temperatures. As a result, the boost pressure decreases, but less than
the load does.

The ST for proper CA50 phasing has to be increased with EGR and decreased
with H2, Fig. 6.9.

The addition of H2 causes the combustion to be faster, in particular at lower
range speed during the first stage of combustion (ID). On the contrary, the com-
bustion propagation becomes worse with high EGR rate. In these last conditions, a
more positive effect of H2 on the start of the ignition process can be noted,

Fig. 6.8 BMEP and MAP at the two tested speeds varying EGR rate and H2 for the HD engine

Fig. 6.9 ST and CA50 at the two tested speeds varying EGR rate and H2 for the HD engine
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Fig. 6.10. In the same figure, a less evident effect on the MCD appears, especially at
higher speed, which denotes that the effect of turbulence intensity on combustion
speed increasing is higher than that of H2 addition. The increase in the EGR rate
worsens THC emissions, both upstream and downstream of the TWC for all three
tested fuels; however, the H2 content in the mixture helps to limit this drawback, as
shown in Fig. 6.11.

Fig. 6.10 ID and MCD duration at the two tested speeds varying EGR rate and H2 for the HD
engine

Fig. 6.11 THC upstream and downstream the catalyst at the two tested speeds varying EGR rate
and H2 for the HD engine
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Substituting a share of NGwith H2 contributes to a have a THC reduction, because
the unburned H2 is not recognized by flame ionization detector instrument. Moreover,
amore complete combustion also contributes to reduce THC. Therefore, the reduction
of THC with H2 content, Fig. 6.11, together with the NGup decreasing with H2

content, Fig. 6.12, highlights the positive effect of H2 on combustion development
and propagation, which contrasts the worsening combustion conditions due to the
EGR. Nevertheless, the better combustion with H2 increasing does not improve the
overall engine efficiency, (Fig. 6.12). This because fromone hand the improvement of
combustion efficiency is of small entity, while on the other hand, a more complete
combustion, reducing the thickness of the quenching zone, causes an increasing of the
heat wall transfer, in an opposite way with respect to what EGR does.

The EGR rate greatly reduces NOx formation (upstream the TWC) through lower
combustion temperature. On the other hand, a slight NOx increasing inside the
combustion chamber can be observed with H2 in the blend, Fig. 6.13, due to faster
combustion, which implies higher reaction temperature. At the TWC outlet, NOx

emissions are quite constant with fuel mixture composition.

6.5 Experimental Activity on the Light-Duty Engine

The experimental tests have been performed at a fixed throttle valve position,
adjusting spark timing to have the CA50 at the optimal position. However, due to
EGR flow instability, ST was adjusted with minor precision with respect to the HD
case. Part-load conditions have been tested to have a pressure drop between the
inlet and the outlet of EGR line. Engine speed was set at 2000 rpm.

Fig. 6.12 Efficiency and NGup at the two tested speeds varying EGR rate and H2 for the HD
engine
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No efficiency improvement was found with EGR. In Fig. 6.14, it is possible to
compare the efficiency at EGR increasing with the case without EGR. Data were
obtained as follows. The solid line represents the case without EGR, where at a
BMEP increasing corresponds a TP increasing. Starting for a given TP at part load
without EGR, the EGR rate was increased, acting only on the EGR valve. An
increase in the EGR, at fixed TP, results in a reduction in the supplied torque. At
each BMEP, engine efficiency with EGR resulted similar to that of the case without
EGR, until at higher EGR rate it becomes to decrease. This behavior was imputed
to the worse combustion progress, due to the presence of inert gas in the com-
bustion chamber, that counterbalances the positive effect of lower heat losses and
higher throttle valve position, at parity of BMEP. Therefore, there was a difference
with respect to the tests on the heavy-duty engine, where the EGR permits a
reduction of BSFC. The problem could reside in the weight that unburned hydro-
carbons have on the global engine efficiency. With smaller bore engines, the effect
of quenching zone is bigger with respect to larger engines, and therefore, the effect
of combustion efficiency reduction, correlated with EGR rate increasing, cancels the
positive effect of the EGR on BSFC.

Similarly, it is possible to compare the NOx emission at EGR increasing with
respect to the case without EGR. For a given load, less NOx upstream the TWC
were produced with EGR, Fig. 6.15, due to the inert gas which reduces peak
temperature in the combustion chamber.

On the contrary, a higher EGR rate determines an increasing of THC upstream
the catalyst, as shown in Fig. 6.16, due to the inert gas which makes worse the
combustion conditions. Anyway, the presence of H2 gives a positive effect on THC
emissions, both without and with EGR.

Fig. 6.13 NOx upstream and downstream the catalyst at the two tested speeds varying EGR rate
and H2 for the HD engine
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In Fig. 6.17, at the two considered TP, the effect of EGR on NGup for the three
fuels at 2000 rpm is shown. The blend of NG and 40% by volume of H2, compared
to the NG case without EGR, shows a lower NGup until the EGR rate was lower
than 15–20%. This result clearly highlights the possibility of improve combustion
condition with H2 addition.

In the same conditions of Fig. 6.17, THC conversion efficiency is reduced at
EGR increasing, as shown in Fig. 6.18. Anyway, NG/H2 40% shows THC
downstream the TWC lower than NG case (without EGR) until 15–20% of EGR
rate, Fig. 6.19.

Fig. 6.14 Efficiency at the two part-load conditions varying EGR rate and H2 for the LD engine

Fig. 6.15 NOx upstream TWC at the two part-load conditions varying EGR rate and H2 for the
LD engine
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Fig. 6.16 THC upstream TWC at the two part-load conditions varying EGR rate and H2 for the
LD engine

Fig. 6.17 NGup at the two
part-load conditions varying
EGR rate and H2 for the LD
engine

Fig. 6.18 TWC conversion
efficiency on THC at the two
part-load conditions varying
EGR rate and H2 for the LD
engine
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EGR benefit on smoothing combustion is highlighted in Figs. 6.20 and 6.21,
where, respectively, maximum pressure rise rate and coefficient of variation of
indicated mean effective pressure are shown.

With H2, the pressure rise is generally slightly higher than the NG case, nev-
ertheless the ST reducing to retain the same peak pressure position. Maximum
pressure rise rate is reduced at EGR rate increasing, Fig. 6.20. This behavior could
be useful, for instance, to develop turbocharged engine, with high power density,
fueled with blend at high H2 content, lowering maximum in-cylinder pressures and
temperatures with high EGR rate. The use of high EGR rate is possible when H2 is
added to NG thanks to the higher capability of the engine to tolerate EGR, as shown
in Fig. 6.21 by the effect of EGR on the coefficient of variation (COV) of
IMEP. NG/H2 40%, with an EGR rate up to 15–20%, assures the same combustion
stability of the of the NG case without EGR.

In Fig. 6.22, the EGR effect on the ST and the angle of the CA50 is shown,
while in Fig. 6.23, the effect on ID and MCD is represented. The comparison of

Fig. 6.19 THC downstream
TWC at the two part-load
conditions varying EGR rate
and H2 for the LD engine

Fig. 6.20 Maximum
pressure rise rate at the two
part-load conditions varying
EGR rate and H2 for the LD
engine
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Figs. 6.22 and 6.23, referred to the LD engine, with Figs. 6.9 and 6.10 referred to
the HD engines evidences a great congruence among the results for the two dif-
ferent engines.

For both the engines, a higher ST was set at EGR rate increasing to retain the
CA50 close to the optimal position. Some differences can be noted at EGR rate
higher than 20%. In fact, for the LD engine, it was not possible to retain the optimal
CA50 position at EGR rate higher than 20%. This is mainly due to the lower LD
engine load percentage, with respect to the HD engine. The connected very poor
combustion conditions would have required a ST higher than the maximum allowed
by the calibration tool software of the LD engine.

Fig. 6.21 IMEP COV at the two part-load conditions varying EGR rate and H2 for the LD engine

Fig. 6.22 CA50 and ST at the two part-load conditions varying EGR rate and H2 for the LD
engine
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6.6 Conclusions

The chapter analyses the effect of EGR and hydrogen enrichment on the perfor-
mance and emission of a light-duty and a heavy-duty NG engine. EGR system for
NG engines can be of different types (LPR, HPR, HLPR), due to almost soot free
engine exhaust, which does not give fouling of intake system, including compressor
and intercooler. EGR could be utilized to have high specific power, with low
thermal stress, but also to increase efficiency. The efficiency increasing with EGR is
mainly due to the reduction of thermal loss, rather than the decrease of pumping
losses. Nevertheless, this last aspect could be of some interest for turbocharged
engine: The main advantage could be to run un-throttled and with the wastegate
closed, controlling load in a certain range (from maximum to lower torque) by
adjusting the EGR rate. On the other hand, combustion propagation is worsened by
EGR, which increase fuel consumption. Therefore, when unburned fuel effect
exceeds the benefits associated with lower heat exchanges, efficiency gains cannot
be achieved. This was the case of the LD engine compared to the HD engine. The
results of the combustion process observed on the two engines were consistent with
each other, although the increase of THC emissions by means of EGR is less
evident on heavy-duty engine, for which the quenching zones have less effect on
worsening emissions. Therefore, EGR technology is most suitable for optimizing
efficiency of large bore engines.

The effect of EGR in reducing combustion speed is mitigated by hydrogen
content in blend with NG. The positive effect of H2 on combustion propagation is
more evident at EGR rate increasing and mainly in the first stage of combustion.

Fig. 6.23 MCD and ID at the two part-load conditions varying EGR rate and H2 for the LD
engine
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EGR and hydrogen influence pollutant emissions, both upstream and down-
stream the catalyst. In particular, the lower temperature in combustion chamber
with EGR reduces NOx emissions formation upstream the catalyst, and since the
mixture is still stoichiometric, also NOx conversion efficiency in the three-way
catalyst is very effective. Nevertheless, with EGR, the lower combustion temper-
ature and high inert gas levels in the combustion chamber give an increment of
THC. Moreover, for the lower exhaust gas temperatures and higher inert concen-
tration, oxidation of THC in the catalyst could result in less effectiveness; for this
reason, the blends with high hydrogen content, allowing a significant reduction of
THC formation directly in the combustion chamber, can be a suitable opportunity
for engines optimized with high EGR rates.
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Chapter 7
Natural Gas Combustion in Marine
Engines: An Operational,
Environmental, and Economic
Assessment

Roussos G. Papagiannakis, Theodoros C. Zannis, Efthimios
G. Pariotis and John S. Katsanis

Abstract The present study contains a detailed assessment of the state-of-the-art
technologies of two-stroke (2-S) and four-stroke (4-S) dual-fuel
compression-ignition (CI) engines and four-stroke spark-ignited (SI) natural gas
engines from technological, operational, environmental, and economic standpoints.
Emphasis will be given to the examination of the effect of natural gas combustion
on the performance characteristics and pollutant emissions of marine two-stroke
dual-fuel engines and four-stroke dual-fuel and gas SI engines. Also, the CO2 and
CH4 using EEDI analysis are examined for LNG carriers equipped with three
different propulsion systems. The final outcome of the proposed study will be the
definition of the parameters that should be taken into account to identify the
optimum two-stroke and four-stroke natural gas engine technology frame, which
can be used in the near future, as either main propulsion (two-stroke or four-stroke)
or auxiliary (four-stroke) engines in marine applications.

Keywords Natural gas � Marine engines � Combustion � Emissions

7.1 Introduction

As known, both sulfur oxides (SOx) and oxides of nitrogen (NOx) are two critical
gaseous emissions, which have a serious detrimental effect on photochemical smog
and through this, on the formation of acid rain (Dieselnet 2017; Cleantech 2017;
International Maritime Organization 2017). Also, SOx and NOx emissions have a
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direct hazardous impact on human health since they are causing respiratory prob-
lems. Finally, NOx emissions contribute significantly to eutrophication of lakes and
rivers (Dieselnet 2017; Cleantech 2017; International Maritime Organization 2017).
Hence, the International Maritime Organization (IMO) having acknowledged all the
aforementioned negative influences of NOx and SOx emissions both on environment
and on human health and having also convinced about the continuous deterioration
of greenhouse effect has taken specific actions during recent years. Specifically,
aiming to a significant curtailment of shipping-emitted gaseous pollutants, IMO has
issued, during recent years, specific standards for SOx and NOx concentration values
emitted from marine engines (Dieselnet 2017; Cleantech 2017). IMO has also
launched specific measures in the form of efficiency design index (Energy Efficiency
Design Index—EEDI) for new ships built after January 1, 2013, and in the form of
efficiency operational index (Energy Efficiency Operational Index—EEOI) for
existing ships for controlling greenhouse gas emissions with a primary interest for
CO2 emissions (Dieselnet 2017; International Maritime Organization 2017).

According to IMO policy (International Maritime Organization 2017), shipping
SOx emissions are primarily controlled by fuel sulfur content. Figure 7.1a illustrates
the chronological evolution from 2005 until 2025 of IMO-legislated global fuel
sulfur content limit and the pertinent fuel sulfur limit, which is mandated in SOx

Emission Control Areas (SECAs) (Dieselnet 2017; Cleantech 2017; International
Maritime Organization 2017). SECAs currently include Baltic Sea, North Sea,
English Channel, and a 200 miles zone from North America coastline (International
Maritime Organization 2017; Chryssakis et al. 2016; Diesel 2017; Chryssakis and
Stahl 2013; Chryssakis and Tvete 2014). Most likely candidates for future inclusion
in SECAs are Bosporus Straits and Sea of Marmara, Hong Kong and parts of the
coastline of Guangdong in China (Chryssakis et al. 2016; Diesel 2017; Chryssakis
and Stahl 2013; Chryssakis and Tvete 2014). As evidenced by Fig. 7.1a, ships
operating in SECAs are required to use low-sulfur fuel (0.1% S) or, in case this is
not possible, to use after-treatment systems such as SOx scrubbers. It is worth to
mention that the European Union (EU) has imposed the limit of 0.1% fuel sulfur
content in ports and inland waterways (Chryssakis et al. 2016; Diesel 2017;
Chryssakis and Stahl 2013; Chryssakis and Tvete 2014). Also, EU will probably
mandate a limit of 0.5% fuel sulfur cap in EU waters irrespective of IMO potential
skepticism (Chryssakis et al. 2015, 2016).

Another category of gaseous pollutants emitted from marine engines are oxides
of nitrogen (NOx). Nowadays, shipping-emitted NOx is of high concern by IMO,
ship owners, classes, and engine manufacturers since their control either inside or/
both outside marine engines is not directly facilitated such as in the case of SOx

emissions through fuel sulfur content. Figure 7.1b illustrates older and current IMO
NOx limits as function of engine speed “n” in RPM (Dieselnet 2017; Cleantech
2017; International Maritime Organization 2017). As evidenced by Fig. 7.1b,
currently NOx emission limits designated by standard Tier II are enforced globally,
whereas the stricter standard Tier III is legislated by IMO in NOx Emission Control
Areas (NECAs) (Dieselnet 2017; International Maritime Organization 2017;
Chryssakis et al. 2016). Currently, NECAs include North American ECA including
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most of USA and Canadian coast and US Caribbean ECA, including Puerto Rico
and the US Virgin Islands. According to Fig. 7.1b, the most stringent NOx emission
standard (Tier III) requires an approximate average reduction of shipping-emitted
NOx of 80% compared to initial NOx emission standard (Tier I).

According to the Chap. 4 of IMO MARPOL Annex VI, there are two mandatory
mechanisms intended to ensure an energy efficiency standard for ships: (A) the EEDI
for new ships and (B) the Ship Energy Efficiency Management Plan (SEEMP) and
the corresponding Energy Efficiency Operational Index (EEOI) for all ships
(Dieselnet 2017; International Maritime Organization 2017). The EEDI is a
performance-based mechanism that requires specified minimum energy efficiency in
new ships. Ship designers and builders are free to choose the technologies to satisfy
the EEDI requirements in a specific ship design (Dieselnet 2017; International
Maritime Organization 2017). The SEEMP establishes a mechanism for operators to
improve the energy efficiency of ships. Aforementioned regulations apply to all
ships of and above 400 gross tonnages and enter into force from January 1, 2013.

As can be concluded from the aforementioned analysis, there is a very strong
interest in shipping community for the actuation of immediate and drastic measures
aiming to the significant curtailment of air pollutants emitted from ships and to their
compliance with IMO regulations both in emission control areas and outside of
them. Toward this aim, a direct mean for downplaying IMO regulated SOx, NOx

and GHG emissions is the combustion of natural gas in marine main slow-speed
two-stroke compression-ignition engines, in high-speed and medium-speed main
and auxiliary dual-fuel CI engines and in marine main and auxiliary high-speed
spark-ignition (SI) gas engines (Chryssakis et al. 2016; Diesel 2017; Chryssakis and
Stahl 2013; Chryssakis and Tvete 2014; Chryssakis et al. 2015; McGill et al. 2013;
Germanischer lloyd 2013; Trauthwein 2012).

(a) IMO fuel sulfur content limits (b) IMO NOx limits
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Fig. 7.1 a IMO MARPOL Annex VI fuel sulfur content limits (International Maritime
Organization 2017), b variation of IMO MARPOL Annex VI NOx limits from marine engines
as function of rated engine speed. It is shown the initial NOx limits (Tier I) and the NOx limits that
are currently issued globally (Tier II) and in NOx Emission Control Areas (NECAs) (Tier III)
(Dieselnet 2017; Cleantech 2017; International Maritime Organization 2017)
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Theoretical and experimental studies conducted in the past (Murakami and
Baufeld 2013; Mohr and Baufeld 2013; Tozzi et al. 2016; Moriyoshi et al. 2016;
Andre 2013; Hiltner et al. 2016; Hiltner 2013; Callahan and Hoag 2013; Brynolf
et al. 2014; Li et al. 2015; Wei and Geng 2016; Roecker 2016) in marine two-stroke
dual-fuel and marine four-stroke dual-fuel and SI gas engines have demonstrated
that natural combustion can:

• Practically eliminate SOx emissions
• Dramatically downplay NOx emissions allowing gas engines to directly comply

with IMO Tier III regulations
• Significantly reduce CO2 emissions
• Generate extremely low PM emissions and in the cases of very small pilot diesel

quantity and of SI gas engines to attain smokeless engine operation.

However, as reported in the literature (Schlick 2014; Levander 2011; Haraldson
2011; Diesel and Turbo 2017; Wartsila 2-stroke dual fuel technology 2014; Zannis
et al. 2017; Yfantis et al. 2017; Kjemtrup 2015; Ott 2015; Hagedorn 2014), natural
gas combustion in marine dual-fuel and gas engines is accompanied by the fol-
lowing environmental and operational obstacles:

• Major deterioration of total unburned hydrocarbon (THC), CH4, and CO
emissions compared mainly to conventional CI engines. Especially in the case
of CH4 emissions (phenomenon of “methane slip”), dual-fuel and gas engines
may provoke serious amendments of IMO GHG emissions regulations policy if
not only CO2 but also methane is included in future shipping GHG picture
(Murakami and Baufeld 2013; Mohr and Baufeld 2013; Hiltner et al. 2016;
Brynolf et al. 2014; Schlick 2014; Levander 2011).

• Increasing risk for either knocking or flame quenching in both dual-fuel and gas
engines and for misfiring mainly in dual-fuel engines. Potential avoidance of one
or more of the aforementioned gas combustion-related phenomena may require
the combined incorporation of various combustion chamber design technologies
and in-cylinder measures (Murakami and Baufeld 2013; Mohr and Baufeld 2013;
Tozzi et al. 2016; Moriyoshi et al. 2016; Schlick 2014; Levander 2011).

• High capital cost and technical complexity for retrofitting existing marine diesel
engines in order to be able to operate effectively with natural gas (Murakami and
Baufeld 2013; Mohr and Baufeld 2013; Tozzi et al. 2016; Moriyoshi et al. 2016;
Schlick 2014; Levander 2011).

Though that in the past there have been reported extensive and elaborative
studies in the literature (Murakami and Baufeld 2013; Mohr and Baufeld 2013;
Andre 2013; Brynolf et al. 2014; Li et al. 2015; Wei and Geng 2016; Schlick 2014;
Levander 2011), which examined thoroughly contemporary natural gas combustion
technologies both in marine CI and SI engines (Murakami and Baufeld 2013; Mohr
and Baufeld 2013; Andre 2013; Brynolf et al. 2014; Li et al. 2015; Schlick 2014;
Levander 2011), and in other engine type (Wei and Geng 2016), there is a lack of
consolidated information regarding the technological, environmental, and economic
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evaluation of modern natural gas combustion technologies in main and auxiliary
marine engines. Hence, the main purpose of the present study is to cover the
aforementioned gap in the literature by examining thoroughly contemporary natural
gas combustion technologies used in marine main and auxiliary engines on a
technical, operational, environmental, and economic basis.

7.2 Natural Gas as Maritime Fuel

Before examining the effects of natural gas combustion on marine engines per-
formance characteristics and pollutant emissions, it is essential to understand the
main characteristics and the key advantages and disadvantages of natural gas as a
maritime fuel. Hence, the advantages of the use of natural gas in marine internal
combustion engines are the following (Chryssakis et al. 2016; Diesel 2017;
Chryssakis and Stahl 2013; Chryssakis and Tvete 2014; Chryssakis et al. 2015;
McGill et al. 2013; Germanischer lloyd 2013; Murakami and Baufeld 2013; Mohr
and Baufeld 2013):

• Natural gas indicates high availability from ground reserves: The recent dis-
covery of huge available underwater natural gas reserves in the coasts of Eastern
Africa and in the Caspian Sea, for example, guarantees the unobstructed supply
of the global markets for many years in the future (McGill et al. 2013).

• The competitive prices of natural gas compared to residual fuel and to distillate
fuel: Natural gas is expected to have competitive cost compared to residual fuel
and to distillate oil until 2035 (see Fig. 7.2). Nowadays, natural gas indicates
almost 70% lower price compared to residual fuel and 85% lower price com-
pared to distillate fuel oil (McGill et al. 2013).

Fig. 7.2 Chronological evolution of the prices of natural gas, residual fuel, and distillate fuel oil
(McGill et al. 2013)
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• Natural gas combustion can lead to approximately 20% lower CO2 emissions
compared to diesel oil combustion (Schlick 2014) (see Fig. 7.3). Even higher
CO2 reductions have been reported reaching up to 30% when burning natural
gas in four-stroke lean-burn marine engines (Levander 2011). The aforemen-
tioned CO2 reductions can be ascribed to the significantly lower carbon to
hydrogen mass ratio of natural gas compared to diesel oil (Levander 2011;
Haraldson 2011).

• Dual-fuel and natural gas engines can attain 80% lower NOx emissions com-
pared to conventional diesel engines (see Fig. 7.3). Higher NOx reductions up to
85% compared to conventional diesel combustion can be accomplished in
lean-burn gas engines, which are operating with high air–fuel ratio (Levander
2011). It has experimentally been proved that dual-fuel and spark-ignited gas
engines with pre-chamber can directly comply with IMO Tier III NOx limits
without the need for specially designed in-cylinder (“internal”) or
after-treatment (“external”) measures (Chryssakis et al. 2015).

• Natural gas combustion in marine main and auxiliary engines can practically
eliminate SOx emissions since sulfur is removed from fuel when is liquefied (see
Fig. 7.3) (Chryssakis et al. 2015; Mohr and Baufeld 2013; Levander 2011).

• The use of natural gas in marine four-stroke engines can result in extremely low
PM emissions especially in the case of lean-burn gas engines (Chryssakis et al.
2015). This can be attributed to lower molecular complexity of the natural gas
mixture of burning gases, which generate dramatically lower polyaromatic
hydrocarbons (PAHs), which are considered as primary particulate matter

Fig. 7.3 Comparative effect of natural gas combustion in dual-fuel and gas engines on CO2, NOx,
SOx, PM, THC, and CO emissions relative to diesel combustion (Schlick 2014)
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precursors, compared to conventional diesel combustion. PM emissions during
dual-fuel combustion are primarily controlled by pilot diesel quantity. It is worth
to mention that, according to detailed experimental studies (Chryssakis et al.
2015; Murakami and Baufeld 2013; Mohr and Baufeld 2013; Levander 2011;
Haraldson 2011), natural gas combustion either under dual-fuel mode or under
spark-ignited mode results in no visible smoke (“smokeless operation”).

• Finally, another virtue of natural gas combustion in marine engines is that it
does not leave sludge deposits (Chryssakis et al. 2015; Mohr and Baufeld 2013;
Levander 2011).

• It has been established specific rules for the construction of natural gas carriers
from various classes such as DNV/GL and Lloyd’s Register (McGill et al.
2013).

• There is high availability of marine internal combustion engines operating with
natural gas from many different engine manufacturers: Nowadays, there are
commercially available various editions of two-stroke and four-stroke marine
compression-ignition engines operating with natural gas (dual-fuel diesel/natural
gas engines) and four-stroke spark-ignition marine engines operating with nat-
ural gas (McGill et al. 2013). Dual-fuel marine compression-ignition engines
can be used as main engines (two-stroke and four-stroke) or as electric gener-
ators (four-stroke engines), whereas four-stroke gas spark-ignition engines can
be used in passenger ships and in ferries but also as electric generators (McGill
et al. 2013).

• Finally, natural gas application in shipping is also facilitated by the technical
and operational experience, which has been accumulated over recent decades by
ship owners, ships’ technical staff, classes, shipyards, and engine manufacturers
(McGill et al. 2013).

The main disadvantages of the use of natural gas in ships are the following
(McGill et al. 2013):

• Natural gas combustion in marine internal combustion engines results in higher
emissions of unburned hydrocarbons and of gaseous methane compared to
liquid fuel combustion. Specifically, natural gas combustion in either dual-fuel
CI engines or in gas SI engines results in the deterioration of unburned
hydrocarbon emissions from 70 to 90% compared to conventional engine
operation (McGill et al. 2013). In addition, natural gas combustion in marine
internal combustion engines results in a serious worsening of methane emissions
(methane slip) compared to conventional operation. If we take into account that
methane is considered as 20–25 times more detrimental global warming gas
compared to carbon dioxide, then natural gas in marine engines provokes great
skepticism regarding the phenomenon of methane slip. For this reason, it is
expected that methane emissions will be incorporated in the future in the cal-
culation of global warming gases and on that basis is expected the deterioration
of the operational cost in ships using natural gas as marine fuel from the
potential implementation of carbon tax in maritime sector (McGill et al. 2013).
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• Natural gas combustion is not directly compatible with existing marine
compression-ignition and spark-ignition engines and with existing marine
engines’ fuel supply infrastructure: Specifically, the use of natural gas as fuel in
ships requires constructional modifications of existing marine internal com-
bustion engines and requires also modifications in the fuel supply networks of
main and auxiliary engines (McGill et al. 2013). Major manufacturers of marine
four-stroke diesel engines have proposed certain modifications in order their
engines to operate with natural gas as dual-fuel engines (Schlick 2014).
Specifically, major marine CI engine manufacturers propose the reduction of
compression ratio for avoiding excess in-cylinder pressures during dual-fuel
operation. It is also proposed the reformulation of piston bowl design for
improved fuel-air mixing and the replacement of liner honing in order to be
compatible with higher in-cylinder temperatures during dual-fuel operation
compared to conventional diesel operation (Schlick 2014). Regarding the
cylinder head, it is proposed the installation of individual gas admission valves
for each cylinder head, the installation of a pilot fuel injector, the optimization of
intake process probably through increased swirl ratio for increasing in-cylinder
turbulence levels and improving, thus, fuel–air mixing process. It is also pro-
posed the modification of valve seat geometry for avoiding excessive gas
leakages and the installation of a knock sensor in each cylinder for monitoring
and processing in-cylinder pressure and thus avoiding pre-ignition or
post-combustion knocking phenomena (Schlick 2014). In addition to engine
modifications, fuel supply network modifications are required for security rea-
sons also regarding onboard natural gas management. Of special interest are the
results of a detailed study, which was performed in 2013 (McGill et al. 2013). In
this study it was calculated the retrofit cost of main and auxiliary engines of
three different ships in order they have the capacity to operate with natural gas as
fuel. It was also calculated the pertinent retrofit cost of fuel supply networks of
the main and auxiliary engines for being compatible with natural gas. The main
findings of this study are summarized in Table 7.1 (McGill et al. 2013).

Table 7.1 Retrofit costs of certain ship types for operation of their engines with natural gas
(McGill et al. 2013)

Ship type Size
(tons)

Engine Engine
retrofit cost
(million $)

Engine fuel supply
system retrofit cost
(million $)

Total engine
retrofit cost
(million $)

Tug 150 2 � 1500
HP

1.2 6.0 7.2

Ferry 1000 2 � 3000
HP

1.8 9.0 10.8

Great
lakes bulk
carrier

19,000 2 � 5000
HP

4.0 20 24
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• The use of natural gas as marine fuel in new buildings introduces a construction
premium compared to newly constructed ships burning liquid fossil fuels in
their engines. Specifically, the building cost of a gas-powered ship is consid-
erably higher than the pertinent cost of a fossil fuel-powered ship since there is a
cost increase for gas engines and for gaseous fuel system and also for LNG
storage tanks (McGill et al. 2013). According to a detailed study performed by
Germanischer Lloyd (Germanischer lloyd 2013), natural gas utilization as
marine fuel introduces an additional investment cost of 25% over that of the cost
for constructing a typical new container ship. Also according to a recent DNV
study (Schlick 2014) if a ship spends more than 30% of its operating time in
ECAs the cost of gas-fueled engines can be justified (McGill et al. 2013; Zannis
et al. 2017; Yfantis et al. 2017) drawback of natural gas as maritime fuel is the
increased onboard space requirements for natural gas storage (McGill et al.
2013; Zannis et al. 2017; Yfantis et al. 2017). Specifically, increased onboard
space requirements are necessary for the storage of the required natural gas
volume for ship autonomy equal to of a conventional ship with onboard storage
of liquid fuels (McGill et al. 2013; Zannis et al. 2017; Yfantis et al. 2017).
A specific natural gas weight stored as liquefied natural gas (LNG) requires
almost only 40% of the corresponding natural gas weight stored as compressed
natural gas (CNG) at 3600 psi (�250 bar). Hence, LNG requires much less
storage space compared to CNG, and for this reason, natural gas carriage as
LNG is the preferred onboard storage and carriage technique. When natural gas
is stored as LNG requires two times bigger space compared to the corresponding
storage space of a liquid fuel whereas when natural gas is stored on board as
CNG requires five times bigger space compared to the corresponding storage
space of a liquid fuel (McGill et al. 2013; Zannis et al. 2017; Yfantis et al.
2017). Table 7.2 shows comparative examples of the minimum storage capacity
and of the onboard storage volume for the carriage of residual fuel, distillate
fuel, LNG, and CNG with three different ship types. In Fig. 7.3 is given the
comparison of the fuel weight per equivalent gallon of distillate fuel for distillate
fuel, for residual fuel, for LNG, and for CNG@3600 psi. In Fig. 7.4 is also
depicted a comparison of the storage volume per equivalent gallon distillate fuel
for distillate fuel, residual fuel, LNG, and CNG@3600 psi (McGill et al. 2013;
Zannis et al. 2017; Yfantis et al. 2017).

• The increased ship supply time with natural gas is another serious drawback of
natural gas as marine fuel. Specifically, the required supply time of a ship with
natural gas is higher compared to the pertinent time for ship supply with a liquid
fuel. In particular regarding the onboard storage of natural gas as CNG, it can be
stated that this solution cannot be considered as more or less viable due to
(McGill et al. 2013; Sarigianidis 2016):

– Higher ship supply times compared to ship supply time with LNG.
– Additional onboard space requirements for the CNG storage tanks.
– Limited carriage volume, which leads to limited CNG ship autonomy.
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For the aforementioned reasons, CNG is considered as viable solution for ships
doing limited-distance trips and they also have sufficient return time for ship
resupply with CNG. On the other hand, the main drawbacks of the LNG are the
following (McGill et al. 2013; Sarigianidis 2016):

• The liquefaction of natural gas requires the deep freezing of the gas at a tem-
perature almost equal to −160 °C. Nowadays, this deep freezing is attainable
through technically complicated and expensive shored installations.

• LNG carriers should be equipped with technical systems of deep freezing for
keeping LNG at temperatures close to −160 °C.

Table 7.2 Comparative examples of the minimum onboard storage capacity and of the onboard
storage volume for the transportation of distillate or heavy fuel oil, LNG, and CNG with three
different ship types (McGill et al. 2013)

Typical
minimum
onboard storage
capacity

Onboard storage volume

Ship Fuel type HP Daily fuel
consumption
(gal)

(days) (gal) Distillate
oil (ft3)

LNG
(ft3)

CNG
(ft3)

Towing
tug

Distillate
oil

3000 1417 14 20,000 2674 4830 12,178

100-car
ferry

Distillate
oil

6000 2268 7 16,000 2139 3864 9742

Great
lakes ore
carrier

Heavy
fuel oil

10,000 6934 21 145,000 19,385 38,183 92,264

Fig. 7.4 (Left figure) Comparison of fuel weight per equivalent gallon of distillate fuel oil for
distillate fuel oil, for residual fuel, for LNG, and for CNG@3600psi. (Right figure) Comparison of
fuel volume per distillate gallon equivalent for distillate fuel, for residual fuel, for LNG, and for
CNG@3600 psi (McGill et al. 2013)
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• The additional onboard safety requirements of natural gas carriage ship is
another obstacle to the broad use of natural gas in maritime sector. Specifically,
natural gas carriage from a ship requires additional installations and safety
settings, and it results in onboard constructional interventions, which lead to a
higher overall constructional cost of a natural gas carriage ship compared to a
conventional one (McGill et al. 2013).

• Finally, the last disadvantage of natural gas as marine fuel is the global limited
number of shored infrastructures for the bunkering of ships with natural gas.
Specifically, an international network of shored LNG bunkering stations should
be constructed in order the LNG ship carriage and the use of natural gas as
maritime fuel to be attractive for the majority of commercial ships. Today, LNG
bunkering from shored LNG stations is more expensive and technically more
complicated compared to liquid fuel bunkering. In addition, LNG bunkering can
be accomplished by a limited number of corresponding LNG shored stations in
the world (McGill et al. 2013).

In the following sections are examined the contemporary natural gas combustion
technologies in marine two-stroke dual-fuel engines and in marine four-stroke
dual-fuel and gas SI engines. It is also evaluated the performance of the afore-
mentioned gas engines from technological, operational, environmental, and eco-
nomic standpoints.

7.3 Dual-Fuel and Gas Spark-Ignition Engines:
Contemporary Combustion Technologies

7.3.1 Two-Stroke Dual-Fuel Engines Technologies

Nowadays, there are commercially available two main types of marine main
two-stroke CI engines burning natural gas: The one operating according to diesel
cycle and the one operating according to Otto cycle (Wartsila 2-stroke dual fuel
technology 2014; Zannis et al. 2017; Yfantis et al. 2017; Kjemtrup 2015; Ott 2015).
The operational principles of the two aforementioned types of two-stroke natural
gas engines are shown in Fig. 7.5a and b. Regarding the “Diesel-cycle” two-stroke
dual-fuel engine, it should be mentioned that the specific engine type operates
according to diesel-cycle principle, which means that natural gas–diesel combustion
is primarily controlled by diffusion-controlled combustion as in conventional diesel
engines (Wartsila 2-stroke dual fuel technology 2014; Kjemtrup 2015; Ott 2015).
Specifically, in “diesel-cycle” dual-fuel engine, a pilot diesel oil quantity of about
3%m/m is injected before natural gas injection both immediately before top dead
center (TDC). The compression heat creates in-cylinder temperatures high enough
to auto-ignite liquid fuel oil. After diesel oil ignition, a flame front is created inside
cylinder, which is expanded inside the entire combustion chamber being fed by
natural gas injection and combustion (Wartsila 2-stroke dual fuel technology 2014;
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Kjemtrup 2015; Ott 2015). Natural gas is injected in “diesel-cycle” engine at a
pressure of 300barg and at a temperature of 45 °C. “Diesel-cycle” two-stroke gas
engine meets SOx requirements with LNG or low-sulfur diesel oil, and its most
important virtue is that indicates a high fuel efficiency close to 50% depending on
engine load (Wartsila 2-stroke dual fuel technology 2014; Kjemtrup 2015; Ott
2015). However, the “diesel-cycle” two-stroke gas engine cannot meet directly
IMO Tier III NOx limits, and thus, there is a potential need for exhaust gas recir-
culation (EGR) or selective catalytic reduction (SCR) (Wartsila 2-stroke dual fuel
technology 2014; Kjemtrup 2015; Ott 2015).

On the other hand, the operational principle of the “Otto-cycle” two-stroke
natural gas engine is based primarily on the premixed lean-burn natural gas com-
bustion with pilot diesel ignition (Wartsila 2-stroke dual fuel technology 2014;
Kjemtrup 2015; Ott 2015). Specifically, natural gas is injected at low pressure
(<10 bar) at mid-stroke after scavenging. A pilot fuel oil quantity of 1%m/m is
injected before TDC in pre-chamber, and then, it auto-ignites due to compression
heat of the premixed air/gas mixture (Wartsila 2-stroke dual fuel technology 2014;
Kjemtrup 2015; Ott 2015). The “Otto-cycle” two-stroke natural gas engine indi-
cates lower fuel efficiency compared to the “diesel-cycle” engine, which is close to
47% depending on engine load (Wartsila 2-stroke dual fuel technology 2014;
Kjemtrup 2015; Ott 2015). Also, the predominantly premixed-controlled natural
gas combustion of the “Otto-cycle” two-stroke gas engine creates serious consid-
erations regarding increased THC and CO emissions. It also creates skepticism
regarding a significant deterioration of methane slip compared to “diesel-cycle”
engine and also regarding potential undesirable pre-ignition or post-combustion
knocking phenomena (Wartsila 2-stroke dual fuel technology 2014; Kjemtrup
2015; Ott 2015). The most important environmental virtues of the “Otto-cycle”
two-stroke gas engine is that fulfills ECA SOx requirements with LNG or low-sulfur

(a) (b)
1 Yellow = Pilot Oil

Blue = Gas Fuel

2 ConvenƟonal - Pilot 
Fuel Injector

3 Gas Fuel Injector

4 Gas Control Block

5 Gas Channel

Pilot Diesel 
InjecƟon  in 
Prechamber

Gas 
Admission

Fig. 7.5 Operational principles of a “diesel-cycle” two-stroke dual-fuel engine (Kjemtrup 2015)
and b “Otto-cycle” two-stroke natural gas engine (Wartsila 2-stroke dual fuel technology 2014)
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fuel oil and also meets directly Tier III NOx requirements without in-cylinder
measures or after-treatment (Wartsila 2-stroke dual fuel technology 2014; Kjemtrup
2015; Ott 2015).

It is of high importance to understand the main difference in engine operational
characteristics between the “diesel-cycle” and the “Otto-cycle” dual-fuel marine
two-stroke engines, which are responsible for their distinctive variations in engine
efficiency and NOx emissions. For this reason, in Fig. 7.6 are shown indicative
predictions of mean bulk gas in-cylinder temperature obtained from the literature
(Wartsila 2-stroke dual fuel technology 2014) for the “diesel-cycle” and the
“Otto-cycle” dual-fuel two-stroke marine CI engines. The black color curve cor-
responds to the in-cylinder temperature of the “Diesel-cycle” engine, whereas the
orange color curve corresponds to the cylinder temperature of the “Otto-cycle”
engine. As observed from Fig. 7.6, the “Otto-cycle” indicates an earlier initiation of
cylinder temperature rise during the early stages of combustion, which can be
ascribed to the more homogeneous nature of natural gas combustion in this type of
two-stroke marine engine. However, the “diesel-cycle” two-stroke engine indicates
significantly higher peak cylinder temperatures compared to the corresponding ones
of the “Otto-cycle” engine. Specifically, the “diesel-cycle” two-stroke engine
demonstrates 300–500 °C higher maximum flame temperatures compared to the
“Otto-cycle” engine. Also during expansion stroke, the “diesel-cycle” engine
indicates higher cylinder temperatures compared to the “Otto-cycle” engine, which
can be attributed to the diffusion-controlled of the fuel–air mixture, which is the
dominating combustion mode in the “diesel-cycle” engine. The higher in-cylinder

Fig. 7.6 Comparison of in-cylinder temperature–crank angle curves between “Diesel-cycle” and
“Otto-cycle” two-stroke marine engines (Ott 2015)
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temperatures of the “diesel-cycle” engine, which are evidenced during combustion
and expansion stroke, are responsible for the higher fuel efficiency of this type of
engine compared to the “Otto-cycle” engine. On the other hand, the lower peak
flame temperatures and mainly the lower cylinder temperatures during expansion
stroke, which are observed in the case of the “Otto-cycle” engine, are primarily
responsible for the lower NOx emissions of the “Otto-cycle” engine compared to the
ones of the “diesel-cycle” engine.

Having examined the main constructional and operational differences between
the “diesel-cycle” and the “Otto-cycle” dual-fuel two-stroke marine CI engines, a
question raised regarding the operational modes of the “diesel-cycle” engine and
whether or not the transition from conventional diesel engine operation to dual-fuel
operation is smooth and unobstructed in “diesel-cycle” engine. Toward providing
answers to these questions, Fig. 7.7 is given, which provides an illustrative over-
view of the different operational modes of the “diesel-cycle” dual-fuel two-stroke
marine CI engine (Kjemtrup 2015). As evidenced by Fig. 7.7, the “diesel-cycle”
two-stroke engine can operate under three different operational modes: (a) fuel-only
mode, (b) minimum-fuel oil mode, and (c) specified gas mode. Under fuel-only
mode, the “diesel-cycle” engine operates as conventional two-stroke diesel engine
with heavy or light diesel oil. Under minimum-fuel oil mode, the “diesel-cycle”
two-stroke engine uses 97%m/m natural gas with 3%m/m pilot diesel oil for
ignition. Under this mode, the “diesel-cycle” two-stroke marine CI engine can
operate between 10 and 100% of full engine load (Kjemtrup 2015). Finally, under

Fig. 7.7 “Diesel-cycle” two-stroke dual-fuel marine engine modes of operation (Zannis et al.
2017; Kjemtrup 2015)
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the specified gas mode, the operator of the engine specifies desirable natural gas
consumption and the control system of the “diesel-cycle” engine substitutes the
remained of the fuel required with heavy or light diesel oil.

Figure 7.8a and b show the variation of fuel percentage with engine load during
minimum-fuel mode (Fig. 7.8a) and during specified dual fuel mode (Fig. 7.8b) of
the “diesel-cycle” two-stroke marine CI engine. In both Fig. 7.8a and b with red
color is showed the total fuel consumption and with green color the pilot fuel
consumption. According to red area of Fig. 7.8a, the “diesel-cycle” engine under
minimum-fuel mode can operate smoothly from 10 to 100% of full load (SMCR)
with 97%m/m natural gas and with only 3%m/m diesel oil. As observed from
Fig. 7.8b, the “diesel-cycle” two-stroke marine CI engine can also smoothly operate
from 10 to 100% of full load (SMCR) with different analogies of predefined natural
gas consumption and pilot diesel oil quantities. According to the literature
(Kjemtrup 2015) under specified dual-mode operation, the “diesel-cycle”
two-stroke dual-fuel CI marine engine experienced no fuel slip, no knocking
problems and its operation was insensitive to natural gas methane number (i.e.,
natural gas quality). Also during specified dual-mode operation, the specific engine
experienced unchanged load response, which is an important virtue of this type of
engine. For this reason, the “diesel-cycle” engine managed to reduce significantly
its gas mode operational load up to 10%, which is of significant importance for
sustaining its high efficiency and operational smoothness under significantly low
engine loads. The most important conclusion regarding “diesel-cycle” two-stroke
dual-fuel CI engine is that power rating and load response remain the same whether
the engine operates on diesel oil or on gas, which is extremely important for the
power delivery to ship propellers.

7.3.2 Four-Stroke Dual-Fuel and Gas Spark-Ignition
Engines Technologies

After examining the two types of commercially available two-stroke natural gas
engines, it is of particular importance to examine the contemporary natural gas
combustion technologies currently used in four-stroke dual-fuel engines and in gas
SI engines, which are summarized in Fig. 7.9 (Murakami and Baufeld 2013; Mohr
and Baufeld 2013). The four-stroke natural gas technologies are divided into main
categories according to the constructional design of the combustion chamber and
their operational principle: the open-chamber four-stroke dual-fuel and gas SI
engines and the corresponding natural gas engines equipped with a divided
chamber (i.e., pre-chamber and main combustion chamber) (Murakami and Baufeld
2013). The open-chamber natural gas engines are divided into two categories: The
open-chamber dual-fuel engines with micro-pilot injection (OCMP) and the
open-chamber spark-ignition (OCSI) gas engines (Murakami and Baufeld 2013;
Mohr and Baufeld 2013). Similarly, the natural gas engines with divided chamber
are divided into two categories: the pre-chamber with micro-pilot (PCMP) engines
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and the pre-chamber spark-ignition (PCSI) engines (Murakami and Baufeld 2013;
Mohr and Baufeld 2013; Zannis et al. 2017; Yfantis et al. 2017).

The operation principle of OCSI engines is based on the induction of a natural
gas/air mixture inside the cylinder through the intake valves, which is ignited
through a spark plug. The key optimization factor of OCSI engines is the piston
bowl design and, specifically, the attainment of high swirl ratio and squish flow for
achieving of high turbulence, which has a direct and immediate positive impact on
high flame velocity (Murakami and Baufeld 2013; Mohr and Baufeld 2013; Zannis
et al. 2017; Yfantis et al. 2017). However, the application of this combustion
technology in large bore engines is challenging due to the increased flame travel
distance, which curtails brake thermal efficiency (BTE) and worsens knocking

Fig. 7.8 Variations of fuel percentage versus engine load (%SMCR) during a minimum-fuel
mode and b specified dual-fuel mode of the “Diesel-cycle” dual-fuel two-stroke CI marine engine
(Kjemtrup 2015)
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resistance (Murakami and Baufeld 2013; Mohr and Baufeld 2013; Zannis et al.
2017; Yfantis et al. 2017).

Regarding OCMP operational principle, this is based also in the induction of a
natural gas/air mixture through intake valves, which is burned after injection and
ignition of micro-pilot fuel oil quantity (Murakami and Baufeld 2013; Mohr and
Baufeld 2013; Zannis et al. 2017; Yfantis et al. 2017). In this case, it is observed a
slightly faster combustion compared to the OCSI concept due to stronger ignition
source (i.e., micro-pilot fuel injection) (Murakami and Baufeld 2013; Mohr and
Baufeld 2013). OCMP combustion concept is mainly applied for gas mode oper-
ation of four-stroke dual-fuel engines (Murakami and Baufeld 2013; Mohr and
Baufeld 2013).

In the PCSI combustion concept, air/natural gas mixture is pushed into the
pre-chamber during compression stroke with additional gas directly supplied to the
pre-chamber (Murakami and Baufeld 2013; Mohr and Baufeld 2013). This provides
a rich mixture close to stoichiometric, which ensures strong and stable ignition
(Murakami and Baufeld 2013; Mohr and Baufeld 2013). Hence, this technology is
capable of combusting very lean gas mixtures improving, thus, BTE/NOx trade-off
(Murakami and Baufeld 2013; Mohr and Baufeld 2013). According to a large
engine manufacturer of four-stroke dual-fuel and gas SI engines (Murakami and
Baufeld 2013; Mohr and Baufeld 2013), the key optimization factors in this type of
natural gas combustion technology is the pre-chamber geometry, the mixture

Fig. 7.9 Four-stroke marine dual-fuel CI and natural gas SI engines combustion technologies
(Murakami and Baufeld 2013; Mohr and Baufeld 2013)
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formation in the pre-chamber for ensuring stable combustion, and the piston bowl
optimization for free flame propagation (Murakami and Baufeld 2013; Mohr and
Baufeld 2013). The technical challenges of PCSI concept are the increased system
complexity and the serious effort required for optimized combustion. It is note-
worthy that the application of PCSI concept in smaller engines is limited due to
limited installation space for pre-chamber and due to increased engine development
cost (Murakami and Baufeld 2013; Mohr and Baufeld 2013).

According to PCMP concept, the liquid fuel pilot injector replaces spark plug in
the pre-chamber. This combustion concept offers improved ignition stability at low
NOx levels since liquid fuel stability is not seriously affected by the high air/fuel
ratio in the pre-chamber (Murakami and Baufeld 2013; Mohr and Baufeld 2013).
This is an advantage of PCMP concept compared to PCSI concept which requires
lean air/gas mixtures in the pre-chamber for attaining low NOx levels worsening,
thus, ignition stability (Murakami and Baufeld 2013; Mohr and Baufeld 2013).
Another advantage of PCMP compared to PCSI concept is that pilot fuel injector
requires longer maintenance intervals compared to the ones required for spark plug
(Murakami and Baufeld 2013; Mohr and Baufeld 2013).

7.4 Operational, Environmental, and Economic
Performance of Dual-Fuel and Gas Spark-Ignition
Engines

7.4.1 Two-Stroke Dual-Fuel Engines

This section will be devoted to the examination of the effect of natural gas com-
bustion in the “diesel-cycle” and in the “Otto-cycle” marine two-stroke CI engines
performance characteristics and exhaust emissions. Initiating with “diesel-cycle”
two-stroke gas engines, an experimental investigation was performed by the
manufacturer of this type of engines to evaluate the effect of natural gas combustion
on performance characteristics and exhaust emissions (Kjemtrup 2015).
Specifically, engine tests were performed in a “diesel-cycle” two-stroke marine CI
engine under conventional diesel operation considering directly injected (DI) diesel
oil and under specified dual-fuel mode with 70%m/m natural gas injection (GI) and
30%m/m diesel oil at 25, 50, 75, and 100% of full engine load (Kjemtrup 2015). In
Fig. 7.10a–d are shown heat release rate profiles as mean values of all cylinders for
conventional diesel operation (DI) with black color curves and for specified
dual-fuel operation with natural gas injection (GI), which generated from mea-
surements of in-cylinder pressure during the aforementioned engine tests in a
“diesel-cycle” two-stroke marine CI engine. Results for heat release rates at given at
25% (Fig. 7.10a), 50% (Fig. 7.10b), 75% (Fig. 7.10c), and 100% (Fig. 7.10d) of
full engine load (Kjemtrup 2015). As evidenced by the observation of Fig. 7.10a
and b, natural gas combustion under specified dual-mode operation (GI) results in
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more intense premixed combustion phase leading to higher peak heat release rate
values for this mode compared to conventional diesel operation (GI). Especially, in
the case of 50% load (Fig. 7.10b), a slightly earlier initiation of combustion is
observed in the case of specified dual-mode operation with natural gas (GI).
According to Figs. 7.10b and c, the combustion of natural gas in the “diesel-cycle”
CI marine engine under specified dual-mode results in more intense premixed
combustion, which leads to higher peak heat release rate values compared to
conventional diesel engine operation (DI) and to less intense diffusion-controlled
compared again to DI engine operation. As evidenced by Fig. 7.10d, there are no
substantial differences in ignition point between specified dual-mode operation
(GI) and conventional diesel operation (DI) of the examined “diesel-cycle”
two-stroke marine CI engine. Only slightly more higher peak heat release rate
values and less intense diffusion-controlled combustion phase is observed in the
case of GI operation compared to DI operation at 100% of full engine load. Hence,
the combustion of fuel mixture of 70%m/m natural gas/30%m/m diesel oil com-
pared to 100% diesel oil consumption under the same engine operating conditions
results in the intensification of premixed combustion phase at all engine loads with
the effects to be more pronounced at low engine loads. The variations in premixed
combustion phase and peak heat release rate values between GI and DI operation
can be attributed to variations in the lower heating value of natural gas/diesel oil
mixture and to the natural gas quality (i.e., methane number), which probably make
the diesel/natural gas mixture to be more “explosive” (i.e., more intense premixed
fuel burning phase with higher peak burning rate values) compared to conventional
diesel engine operation.

In Fig. 7.11a and b are given experimental results of the specific fuel oil con-
sumption (SFOC) (Fig. 7.11a) and of the specific NOx emissions (Fig. 7.11b) from
the aforementioned experimental investigation conducted in a “diesel-cycle”
two-stroke marine CI engine under two different operational modes: (a) conventional
diesel engine operation with directly injected fuel (DI mode) and (b) specified
dual-fuel mode with 70%m/m natural gas and 30%m/m diesel oil (GI mode). In both
Fig. 7.11a and b, measured SFOC and NOx emissions are presented as functions of
engine load. Also, both SFOC and NOx values are corrected considering ISO con-
ditions and reference peak cylinder pressure. As evidenced by Fig. 7.11a, natural gas
combustion under GI mode results in significantly lower values of relative SFOC at
50, 75, and 100% of full engine load compared to conventional DI mode indicating,
thus, a considerable improvement of engine efficiency in the case of dual-fuel
combustion compared to conventional diesel operation. This efficiency improvement
is related to the aforementioned heat release rates comparison between GI and DI
modes and more specifically can be ascribed to the intensification of
premixed-controlled combustion observed in the case of GI mode. In other words, as
evidenced in the case of GI mode, the higher proportion of fuel mixture, which is
burned under premixed conditions (i.e., homogeneously), results in the substantial
improvement of engine efficiency in the case of GI mode compared to conventional
DI mode. As observed from Fig. 7.11b, dual-fuel combustion under GI mode results
in lower NOx emissions at 50, 75, and 100% of full engine load compared to
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conventional DI mode, whereas at 30% load, higher NOx emissions are evidenced
for GI mode compared to conventional DI mode. Also, the lower NOx emissions
observed in the case of GI mode compared to DI mode at 50, 75, and 100% load are
directly related to the less intense diffusion-controlled combustion phase witnessed
in the case of GI mode compared to DI mode. The less intense diffusion-controlled
combustion phase during late combustion and expansion stroke resulted in lower
in-cylinder temperatures in the case of GI mode compared to DI mode. According to
the well-known Zeldovich thermal NOx formation mechanism, in-cylinder temper-
ature reduction during late combustion and expansion stroke resulted in lower
specific NOx emissions in the case of GI mode compared to DI mode. It is note-
worthy to mention that despite the reduction of specific NOx emissions, which is
observed in the case of GI mode compared to DI mode, the measured NOx values
remained higher than the corresponding values dictated by IMO Tier III NOx

emission standards. Hence, the specific type of dual-fuel engines (i.e., “diesel-cycle”

Fig. 7.10 Comparison of heat release rates between conventional diesel operation (DI) and gas
injection (GI) of a “diesel-cycle” two-stroke engine at 100% of full load (a), 75% of full load (b),
50% of full load (c), and 25% of full load (d). Data were provided from shop tests of a
“diesel-cycle” two-stroke engine (Kjemtrup 2015)
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two-stroke dual-fuel marine CI engine) cannot be directly compliant with the
stringent IMO NOx standards without the implementation of either in-cylinder
measures (e.g., exhaust gas recirculation—EGR) or exhaust after-treatment mea-
sures (e.g., selective catalytic reduction—SCR).

In Fig. 7.12a and b are given experimental results of the specific unburned
hydrocarbon (HC) emissions (Fig. 7.12a) and of the specific carbon monoxide
(CO) emissions (Fig. 7.12b) from the aforementioned experimental investigation
conducted in a “diesel-cycle” two-stroke marine CI engine under two different

Fig. 7.11 Comparison of relative SFOC (a) and specific NOx emissions (b) between conventional
diesel operation (DI) and gas injection (GI) operation of a “diesel-cycle” two-stroke engine.
Relative SFOC and specific NOx emissions are given as function of engines load. Data were
provided from the shop test of a “diesel-cycle” two-stroke engine (Kjemtrup 2015)

Fig. 7.12 Comparison of specific HC emissions (a) and specific CO emissions (b) between
conventional diesel operation (DI) and gas injection (GI) operation of a “diesel-cycle” two-stroke
engine. Relative SFOC and specific NOx emissions are given as function of engines load. Data
were provided from the shop test of a “diesel-cycle” two-stroke engine (Kjemtrup 2015)
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operational modes: (a) conventional diesel engine operation with directly injected
fuel (DI mode) and (b) specified dual-fuel mode with 70%m/m natural gas and 30%
m/m diesel oil (GI mode). In both Fig. 7.12a and b, measured HC and CO emis-
sions are presented as functions of engine load. As evidenced by Fig. 7.12a, the
operation of the two-stroke “diesel-cycle” engine under specified dual-fuel mode
with gas/diesel 70/30 resulted in the significant increase of HC emissions compared
to conventional diesel engine operation (i.e., DI mode) at all loads examined. The
deterioration of HC emissions with natural gas/diesel combustion compared to
diesel-only combustion can be attributed as already evidenced to the intensification
of the premixed combustion phase, which means that higher fuel mixture propor-
tion is burned under homogeneous-like conditions. As expected, shift from diffu-
sion to homogeneous (i.e., premixed) combustion results in deterioration of HC
emissions. However, it is quite encouraging that the worsening of HC emissions
observed in the case of GI mode compared to DI mode did not accompany by
noticeable methane slip. The proven no methane slip observed in “diesel-cycle”
engines is an important virtue of this type of dual-fuel two-stroke engines con-
sidering that methane emissions are almost 25 times worst greenhouse gas
(GHG) compared to carbon dioxide (CO2). According to Fig. 7.12b, transition from
conventional DI engine operating mode to specified dual-fuel mode (i.e., GI mode)
did not accompany by substantial variation of measured CO emissions, which is
another encouraging environmental finding of the aforementioned experimental
investigation.

Consolidating the aforementioned observations from the experimental study
performed in a “diesel-cycle” two-stroke marine CI engine, it can be concluded that
the transition from conventional two-stroke diesel operation (i.e., DI mode) to
specified dual-fuel mode gas/diesel 70/30 operation (i.e., GI mode) resulted in:

• More intense premixed-controlled combustion phase and less intense
diffusion-controlled combustion phase, which resulted in lower in-cylinder
temperatures during expansion stroke and thus to lower exhaust gas temperature
values.

• Lower SFOC values (i.e., higher efficiency values) and smaller NOx emissions,
which, however, remained higher than IMO Tier III limits.

• Higher HC emission values without, however, noticeable methane slip and same
CO emission values.

In a second experimental investigation performed in a “diesel-cycle” two-stroke
dual-fuel marine CI engine by the corresponding engine manufacturer, engine tests
were performed at 25, 50, 75, and 100% of full load considering four gas/diesel (G/
D) analogies: 0/100, 30/70, 70/30, and 95/5 (Zannis et al. 2017; Kjemtrup 2015). In
Fig. 7.13a and b are presented heat release rate profiles, which were generated from
measured cylinder pressure data for all examined gas/diesel analogies (i.e., G/
D = 0/100, G/D = 30/70, G/D = 70/30, and G/D = 95/5) at 75% load (Fig. 7.13a)
and at 100% of full engine load (Fig. 7.13b). As evidenced by both Fig. 7.13a and
b, the increase of gas to diesel proportion results in more intense premised
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combustion phase and less intense diffusion-controlled combustion phase. Hence,
the increase of natural gas quantity to diesel quantity the premixed combustion
phase becomes more reactive resulting thus in higher peak heat release rate values
(Kjemtrup 2015). This means that more gaseous to liquid fuel mass is physically
and chemically prepared during ignition delay period leading, thus, to more reactive
premixed combustion phase. The less intense diffusion-controlled combustion
phase with increasing gas to diesel analogy as evidenced by Fig. 7.13a and b is
expected to result in reduction of in-cylinder temperature during expansion stroke
and thus to lower exhaust gas temperature values (Kjemtrup 2015).

In Fig. 7.14a–e are shown experimental results from the aforementioned
investigation in a “diesel-cycle” two-stroke marine CI engine for specific NOx

emissions (Fig. 7.14a), specific HC emissions (Fig. 7.14b), and specific CO
emissions (Fig. 7.14c), particulate emissions (Fig. 7.14d), and relative SFOC
(Fig. 7.14e). At all Fig. 7.14a–e, measured values are given as function of engine
load for four different gas/diesel (G/D) analogies, i.e., G/D = 0/100, G/D = 30/70,
G/D = 70/30, and G/D = 95/5 (Kjemtrup 2015). According to Fig. 7.14a, the
increase of G/D ratio resulted in a substantial reduction of specific NOx emissions at
engine loads higher than 50%. Higher reductions of NOx emissions are observed in
the case of G/D = 70/30. NOx emission reduction with increasing G/D ratio can be
ascribed with the aforementioned less intense diffusion-controlled combustion
phase, which as expected resulted in reduction of in-cylinder temperature during
expansion stroke (Kjemtrup 2015). An important observation here is that despite
significant reduction of NOx emissions with increasing G/D ratio compared to
conventional diesel operation (i.e. G/D = 0/100), the lowest absolute NOx values
remained higher than the corresponding IMO Tier III limits indicating, thus, the
necessity for additional measures implementation in order this type of engine to be
IMO Tier III compliant (Kjemtrup 2015).

Fig. 7.13 Comparison of heat release rates for gas/diesel (G/D) = 0/100, G/D = 30/70, G/
D = 70/30, and G/D = 95/5 of a “diesel-cycle” two-stroke marine engine at 75% of full load
(a) and at 100% of full load (b) (Kjemtrup 2015)
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As observed from Fig. 7.14b, the increase of G/D ratio resulted in a substantial
deterioration of HC emissions compared to conventional diesel operation (i.e., G/
D = 0/100) at all engine loads examined. The worsening of HC emissions with
increasing gas to diesel proportion is correlated with the intensification of premixed
combustion phase under which fuel mixture is burned homogenously. It is

Fig. 7.14 Comparison of specific NOx–engine load curves (a), specific HC emissions–engine load
curves (b), specific CO emissions–engine load curves (c), particulates–engine load curves (d), and
relative SFOC–engine load curves (e) for gas/diesel = 0/100, gas/diesel = 30/70, gas/diesel = 70/
30, and gas/diesel = 95/5 of a “diesel-cycle” two-stroke marine engine (Kjemtrup 2015)
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noteworthy here to mention that according to the literature (Kjemtrup 2015) the
increase of HC emissions with increasing G/D ratio did not accompany by
noticeable methane slip, which is a quite encouraging environmental evident for
this type of two-stroke dual-fuel marine CI engine (Kjemtrup 2015).

According to Fig. 7.14c, higher values of specific CO emissions are observed in
the case of G/D = 30/70 and G/D = 70/30 compared to conventional diesel oper-
ation (i.e., G/D = 0/100) at loads higher than 50%. Surprisingly, at the case of G/
D = 95/5, there were not observed substantial variations in CO emissions compared
to G/D = 0/100. In this case also, CO emission deterioration with increasing G/D
ratio compared to conventional diesel operation is related to the intensification of
the premixed combustion phase (Kjemtrup 2015).

Observing Fig. 7.14d, lower particulate emission values are witnessed for G/D
ratios 30/70, 70/30, and 95/5 compared to G/D = 0/100 at engine loads examined
higher than 50%. The lowest particulate values are observed in the case of G/
D = 30/70. The reduction of particulate emissions with dual-fuel operation com-
pared to diesel-only operation can be attributed to the less intense
diffusion-controlled combustion phase observed with increasing G/D ratios
(Kjemtrup 2015).

According to Fig. 7.14e, a clear decrease of relative SFOC (i.e., increase of
engine efficiency) is observed in all cases of dual-fuel operation (i.e., G/D = 30/70,
70/30 and 95/5) compared to conventional diesel-only operation (i.e., G/D = 0/100)
at engine loads higher than 50%, which is again related to the shift of combustion
toward homogeneous premixed combustion (Kjemtrup 2015).

The following similarities were observed during the aforementioned investiga-
tion between diesel-only operation (G/D = 0/100) and gas/diesel operation: Same
power density, same T/C, scavenging and exhaust gas temperatures, good part load
SFOC, good transient engine response, gas/diesel operation was robust to gas
quality changes (i.e. MN was irrelevant), simple cylinder lubrication system and use
of known lube oil types and finally, regarding safety issues it was not occurred risk
of misfiring or knocking and also there was no risk for explosion in scavenge
receiver (Kjemtrup 2015).

As already mentioned, gas/diesel operation in “diesel-cycle” two-stroke
dual-fuel engine indicated NOx values lower than diesel-only operation but
higher than IMO Tier III limits. For this reason, a second experimental investigation
was performed in this type of engine considering the following operational modes:
DI = conventional diesel operation, GI = gas/diesel engine operation with EGR,
DI + EGR = diesel operation with EGR and GI + EGR = CNG/diesel operation
with EGR (Kjemtrup 2015). In Fig. 7.15a and b are shown experimental results
from this particular investigation for relative SFOC (Fig. 7.15a) and for specific
NOx emissions (Fig. 7.15b) (Kjemtrup 2015). As evidenced by Fig. 7.15a, there is
a clear increase of RSFOC with EGR both for DI and GI operational modes as
expected since EGR, as known, reduces in-cylinder temperature (Kjemtrup 2015).
According to Fig. 7.15b, the use of EGR in gas/diesel combustion (GI + EGR)
results in a substantial reduction of NOx emissions compared to GI and DI modes
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and most importantly leads to engine compliance with IMO Tier III limits at all
engine loads examined (Kjemtrup 2015).

Having examined the operational and environmental performance of
“diesel-cycle” two-stroke gas/diesel engines, it is essential to investigate the
operational performance of “Otto-cycle” two-stroke dual-fuel engines. For this
reason, in Fig. 7.16a is shown the effect of natural gas quality in terms of methane
number (MN) on the engine power of “Otto-cycle” dual-fuel engines (Ott 2015). As
evidenced by Fig. 7.16a, the maximum engine output of this type of engines may
be limited by MN if engine power rating point is close to R1-R3 curve (Ott 2015).
However, there is no power output limitation from MN if rating point is close to
R2-R4 line (Ott 2015). It is noteworthy to mention that MN of LNG is typically
between 70 and 90 and natural gases with MN lower than 70 can be burned in
“Otto-cycle” dual-fuel engines by reducing engine power output (derating) (Ott
2015). However, it should be kept in mind that the operating area for low-speed
two-stroke engines is typically <85% of maximum continuous rating (MCR) (Ott
2015). In Fig. 7.16b are shown two power layout diagrams: one with black line
covering an orange color area, which corresponds to conventional two-stroke diesel
operation and one with green color curves, which corresponds to “Otto-cycle”
two-stroke dual-fuel engine operation (Ott 2015). As observed from Fig. 7.16b, the
maximum rating of “Otto-cycle” dual-fuel engine is lower than conventional diesel
engine due to knocking/pre-ignition limitations (Ott 2015). Green dotted lines
represent selected rating point of a two-stroke diesel engine in standard ship
designs, and as observed from Fig. 7.16b, “Otto-cycle” dual-fuel engine operation
is covering more than 90% of these rating points (Ott 2015). According to the
engine manufacturer of the “Otto-cycle” two-stroke dual-fuel engine only on
exceptional cases, an additional cylinder will be needed to meet engine power
output requirements (Ott 2015). Regarding an important issue of “Otto-cycle” gas
engines, which is combustion stability, Fig. 7.16c shows experimental results for

Fig. 7.15 Experimental results for a relative SFOC and b specific NOx emissions both as functions
of engine load. Results shown in both figures refer to four operational modes: DI (red curves), GI
(green curves), DI + EGR (black curves), and GI + EGR (blue curves) (Kjemtrup 2015)
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the variation of indicated mean effective pressure (IMEP) with engine cycles
number (300 cycles in total) for conventional two-stroke diesel engine and
two-stroke “Otto-cycle” dual-fuel engine (Ott 2015). As evidenced by Fig. 7.16c, in
the case of “Otto-cycle” dual-fuel engine, a stable combustion was observed since
cycle-to-cycle variation of IMEP of “Otto-cycle” gas engine was comparable to
pertinent IMEP variation of conventional two-stroke diesel engine (Ott 2015).
Hence, in terms of combustion stability, “Otto-cycle” dual-fuel engine operation
does not bring any serious problem compared to conventional diesel operation.

Regarding the environmental performance of “Otto-cycle” two-stroke dual-fuel
engines, Fig. 7.17a shows measured values of NOx emissions of this type engine in
contrast with IMO Tier limits (Ott 2015; Hagedorn 2014). As evidenced by
Fig. 7.17a, “Otto-cycle” two-stroke dual-fuel engine clearly emits lower values of
NOx emissions compared to the most stringent IMO NOx regulations (Tier III)
revealing direct compliance of these engines with Tier III without any need for
in-cylinder measures or after-treatment technologies. In Fig. 7.17b, EEDI value of

Fig. 7.16 a Effect of natural gas MN on two-stroke “Otto-cycle” dual-fuel engine power (Ott
2015), b Power layout diagrams for two-stroke diesel engine and two-stroke “Otto-cycle” dual-fuel
engine (Stiefel 2015), c IMEP variation with engine cycles number for diesel-only and
“Otto-cycle” gas engine operation (Ott 2015)
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low-pressure dual-fuel engine is compared with pertinent value of a conventional
two-stroke diesel engine, and as evidenced, EEDI value of the “Otto-cycle” gas
engine is below conventional diesel engine EEDI point due to lower overall CO2

emissions (Ott 2015; Hagedorn 2014).

7.4.2 Four-Stroke Dual-Fuel and Gas SI Engines

To examine the effect of natural gas combustion in the performance characteristics
and pollutant emissions of four-stroke marine dual-fuel and gas engines is described
a detailed experimental investigation performed by an engine research and devel-
opment company (Schlick 2014). The specific experimental investigation (Schlick
2014) was conducted in the single cylinder turbocharged (T/C) CI engine FM250.
The specific engine may operate with diesel fuel only or burning almost only
natural gas with micro-pilot fuel injection or as a dual-fuel engine. The maximum
allowable value of peak cylinder pressure is 250 bar (Schlick 2014). AVL FM250
engine uses a high-pressure common rail fuel injection system, whereas natural gas
supply can be attained either with central mixing or with gas injection in engine
intake (Schlick 2014). The engine research and development company performed
engine tests in FM250 engine considering the following:

• FM250 is operating according to E3 cycle. In this cycle tests, the engine is
operating as main marine dual-fuel engine, whereas engine loading by the brake
is following the propeller curve.

Fig. 7.17 a Compliance of “Otto-cycle” two-stroke dual-fuel engine with IMO Tier III limits
(Hagedorn 2014), b EEDI values of a conventional two-stroke diesel engine and of an
“Otto-cycle” two-stroke dual-fuel engine (Stiefel 2015)
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• FM250 is operating according to E2 cycle. In this cycle tests, the engine is
operating as a main gas engine under constant engine rotating speed with natural
gas supply in the pre-chamber.

• FM250 is operating according to D2 cycle. In this cycle tests, the engine is
operating as auxiliary gas engine generating electric power under constant
engine speed with natural gas supply in the pre-chamber.

In Fig. 7.18 are shown the experimental results from the CI engine FM250 for
the variation of brake mean effective pressure (BMEP), brake efficiency, peak
cylinder pressure, pilot fuel quantity, and 50% mass fraction burned (Fig. 7.18a).
Also are shown experimental results from FM250 for air excess ratio, specific NOx,
specific THC, specific CO, and smoke number (Fig. 7.18b). Experimental results
shown in Fig. 7.18a and b have been obtained for E3 cycle (Schlick 2014).

From the examination of Fig. 7.18a is observed that the highest brake efficiency
(almost 42.5%) of dual-fuel engine FM250 is attained at maximum engine speed
and maximum power of FM250 with only 1% pilot fuel quantity (Schlick 2014). In
addition, it is observed that when the engine speed is decreased the pilot fuel
injection timing and the pertinent 50% mass fraction burned (MFB50%) should be
decreased in order the covariance (COV) of indicated mean effective pressure
(IMEP) should be lower than 2% at all examined cases. Also when engine speed is
decreased, the pilot fuel quantity should be increased for effective commencement
of combustion (i.e., constant NOx emissions). From the examination of the results
shown in Fig. 7.18a is can be observed that the peak cylinder pressure did not

Fig. 7.18 Experimental results from the CI engine FM250 for the variation of brake mean
effective pressure, brake efficiency, peak cylinder pressure, pilot fuel quantity, and 50% mass
fraction burned (a). Also are shown experimental results from FM250 for air excess ratio, specific
NOx, specific THC, specific CO, and smoke number (b). Experimental results shown in figures
a and b have been obtained for E3 cycle: dual-fuel operation on propeller curve (Schlick 2014)
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exceed the limit of 250 bar, and thus, there was no problem with the mechanical
strength of FM250 engine (Schlick 2014).

As evidenced by the examination of the experimental results shown in
Fig. 7.18b, the air excess ration remains almost the same with variation of engine
speed and load. This proves that FM 250 engine had the same air–fuel analogy
during E3 cycle tests (Schlick 2014). According to NOx results in Fig. 7.18b, FM
250 attained an extremely low level of NOx emissions at all four points of E3 cycle.
On the other hand, it is noteworthy to mention the high values of specific THC and
CO emissions during E3 cycle tests, which are noticeably higher, compared to the
ones of conventional diesel operation (Schlick 2014). Finally, it is quite encour-
aging that the smoke emissions are not a significant issue during FM250 operation
as a main dual-fuel engine since its absolute values were almost zero (i.e.,
smokeless operation) (Schlick 2014).

In Fig. 7.19 are shown the experimental results from the CI engine FM250 for
the variation of brake mean effective pressure (BMEP), brake efficiency, peak
cylinder pressure, pilot fuel quantity, and 50% mass fraction burned (Fig. 7.19a).
Also are shown experimental results from FM250 for air excess ratio, specific NOx,
specific THC, specific CO and smoke number (Fig. 7.19b). Experimental results
shown in Fig. 7.19a and b have been obtained for E2/D2 cycle (Schlick 2014).

As evidenced by Fig. 7.19a, the brake efficiency is increased with engine load
and its highest value is observed at highest engine load and it is equal to 46%

Fig. 7.19 Experimental results from the CI engine FM250 for the variation of brake mean
effective pressure, brake efficiency, peak cylinder pressure, pilot fuel quantity, and 50% mass
fraction burned (a). Also are shown experimental results from FM250 for air excess ratio, specific
NOx, specific THC, specific CO, and smoke number (b). Experimental results shown in figures
a and b have been obtained for E2/D2 cycle: gas engine operation with gas-fueled pre-chamber
(Schlick 2014)
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(Schlick 2014). Peak cylinder pressure remained at high levels at all engine loads
and for load higher than 95% exceeded the limit of 200 bar (Schlick 2014). Hence,
FM250 engine operation with micro-pilot injection in the pre-chamber leads to
higher values of peak cylinder pressure compared to dual-fuel operation of the same
engine under E3 cycle. As evidenced by the variation of 50% mass fraction burned
engine operation was stable at all engine loads with IMEP covariance less than 1% at
all cases (Schlick 2014). As observed from Fig. 7.19a, 1% micro-pilot fuel quantity
in the pre-chamber is enough for strong ignition, which leads to fast flame propa-
gation in the main combustion chamber (Schlick 2014). According to Fig. 7.19b, the
air excess ration should be increased with engine load increase starting from 1.9 and
reaching up to 2.0 at maximum engine load (Schlick 2014). During increase of air
excess ration with increasing engine load, specific NOx emissions remained con-
stant. It is of utmost importance that when FM250 engine operated as gas engine
with micro-pilot injection in the pre-chamber was compliant with the most stringent
IMO regulations for NOx emissions in NECAs (Tier III). In addition, it is quite
important that specific THC and specific CO emissions are significantly lower
compared to the values measured during FM 250 engine operation as a dual-fuel
engine under E3 cycle (Schlick 2014). Finally, according to Fig. 7.19b, at all
examined cases of FM250 engine operation as gas engine with micro-pilot injection
in the pre-chamber, zero smoke emissions were observed (Schlick 2014).

In Fig. 7.20a is shown the variation of measured specific NOx emissions with
engine speed for four-stroke main diesel engines, four-stroke pre-chamber
spark-ignition (SI) engines, four-stroke main dual-fuel engines and four-stroke
diesel main, and auxiliary engines (Schlick 2014). As evidenced by Fig. 7.20a,
four-stroke main and auxiliary diesel engines are compliant only with IMO Tier II,
which is issued worldwide outside of NECAs. On the other hand, four-stroke main
dual-fuel engines and auxiliary pre-chamber SI engines are compliant with the most

DF – Marine Propulsion & 
PCSI – Auxiliary Below IMO 

Tier III NOx Limit

Highest Efficiencies for
Medium-Speed Pre-
chamber Spark – IgniƟon
& 2-Stage T/C High-Speed
Pre-chamber Spark -
IgniƟon Engines

(a)
(b)

Fig. 7.20 a Experimental results for specific NOx emissions for four-stroke main diesel engines,
four-stroke pre-chamber spark-ignition (SI) engines, four-stroke main dual-fuel engines and
four-stroke diesel main and auxiliary engines (Schlick 2014), b experimental results for the
variation of generating efficiency with BMEP for four-stroke medium-speed pre-chamber SI
engines, medium-speed open-chamber gas engines with micro-pilot injection, high-speed
pre-chamber SI engines, and high-speed open-chamber SI engines (Murakami and Baufeld
2013; Mohr and Baufeld 2013)
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stringent IMO NOx limits (Tier III), which are issued in NECAs (Schlick 2014). In
fact, auxiliary pre-chamber SI engines are below Tier III NOx limits, which reveal
the superiority of this type of marine auxiliary engines regarding their NOx per-
formance compared to other types of marine main and auxiliary engines.

In Fig. 7.20b is shown experimental results from previous studies (Murakami
and Baufeld 2013; Mohr and Baufeld 2013) for the variation of generating effi-
ciency with BMEP for four-stroke medium-speed pre-chamber SI engines,
medium-speed open-chamber gas engines with micro-pilot injection, high-speed
pre-chamber SI engines, and high-speed open-chamber SI engines. As evidenced,
the highest generating efficiencies are observed for medium-speed pre-chamber SI
engines and for two-stage T/C high-speed pre-chamber SI engines. Specifically, the
highest possible generating efficiency is close to 49% and is observed for
medium-speed pre-chamber SI engines (Murakami and Baufeld 2013; Mohr and
Baufeld 2013). These results reveal the superiority of pre-chamber technology in
terms of generating efficiency compared to open-chamber technology (Murakami
and Baufeld 2013; Mohr and Baufeld 2013).

Except the operational and environmental characteristics of four-stroke dual-fuel
engines and four-stroke lean-burned gas engines, is essential to compare the usage
of LNG in four-stroke marine engines compared to other available fuel types and
IMO SOx and NOx limits compliant solutions. For this reason, in Fig. 7.21a–h are
shown results from a detailed economic and environmental analysis performed for a
Ro-Ro vessel, which was scheduled to operate in ECAs (Levander 2011; Yfantis
et al. 2017). Specifically, in this particular analysis were examined three available
solutions in order the specific Ro-Ro vessel to be compliant with SOx and NOx

limits in ECAs: (a) combustion of marine gas oil (MGO) in main and auxiliary
four-stroke engines in conjunction with SCR for reducing NOx emissions to IMO
Tier III limit, (b) combustion of heavy fuel oil (HFO) in main and auxiliary engines
in conjunction with SOx scrubber and SCR for reducing NOx emissions to IMO
Tier III limit, and (c) use of dual-fuel main and auxiliary engines without exhaust
after-treatment devices (Levander 2011). Figure 7.21a shows the relative annual
fuel consumption and the corresponding relative cost with respect to MGO oper-
ation and as evidenced LNG operation indicates the lowest relative annual fuel cost
compared to MGO and HFO operation (Levander 2011). Figure 7.21b shows the
annual fuel, lubricant oil, and consumables (i.e., NaOH—fresh water for scrubbers,
chemicals, and urea for SCR) cost (Levander 2011). As evidenced by Fig. 7.21b,
the LNG solution indicates the lowest annual fuel cost compared to MGO and HFO
operation. Also, LNG solution does not indicate any consumable cost since there is
no need for NaOH, urea or chemicals (Levander 2011). According to Fig. 7.21c,
which illustrates the machinery investment cost, LNG solution has the same total
capital expenses (CAPEX) with HFO/scrubber solution whereas both LNG solution
and HFO/scrubber solution have higher total CAPEX compared to MGO solution
(Levander 2011). As evidenced by Fig. 7.21d, which depicts annual machinery cost
for the three ECAs solutions, the LNG solution has noticeably lower operational
expenses (OPEX) compared to MGO solution and HFO/scrubber solution
(Levander 2011). According to Fig. 7.21e, which presents the relative payback
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times (PT) of each ECA solution with respect to MGO operation, the LNG solution
has higher PT compared to MGO solution and significantly lower PT compared to
HFO/scrubber solution (Levander 2011). Figure 7.21f demonstrates the Net Present
Values (NPV) of each ECA solution considering a 10-year operation and as evi-
denced, LNG solution has the highest NPV compared to MGO solution and to
HFO/scrubber solution (Levander 2011). Figure 7.21g shows the relative CO2, NOx

and SOx emissions of HFO/scrubber and LNG solutions compared to MGO solu-
tion. As observed from Fig. 7.21g, the LNG solution indicates the lowest CO2

emissions compared to other two solutions, slightly higher NOx emissions com-
pared to MGO/SCR solution and almost same NOx emissions with HFO/Scrubber/
SCR solution. Also LNG solution does not generate any SOx emissions (Levander
2011). Finally, according to Fig. 7.21h, which depicts the EEDI values of the three
examined ECA solutions, LNG alternative indicates the lowest EEDI value com-
pared to the other two ECA solutions (Levander 2011).

7.4.3 Evaluation of Different Propulsion Systems of LNG
Carriers Using Energy Efficiency Design Index
(EEDI)

Ekanem Attah and Rucknall (Ekanem Attah and Bucknall 2015) performed a
detailed evaluation of different propulsion systems of LNG carriers using the
Energy Efficiency Design Index (EEDI). In their analysis considered the impact of
methane slip emissions on the calculation of overall GHG emissions. In the fol-
lowing sections, the alternative natural gas ship propulsion systems considered in
the study of Ekanem Attah and Rucknall (Ekanem Attah and Bucknall 2015) will
be described. It will be described also the EEDI analysis methodology and for each
propulsion system will be discussed the main findings of the EEDI analysis.

7.5 Description of Alternative LNG Carriers Propulsion
Systems

Steam Turbines Propulsion System (STPS). STPS ships obtain the 71% of the
existing LNG carriers’ fleet (Ekanem Attah and Bucknall 2015; Chang et al. 2008a;
Clarksons Shipping Intelligence Network 2014a; Wayne and Hogson 2006;
American Bureau of Shipping 2014; Bureau Veritas 2014), and this high percentage
is attributed to the easy handling of boil-off gas (BOG) in these ships, the simple
operation, and their internal safety. When the LNG tank pressure is elevated, then
the steam generators are burning BOG for high-pressure steam generation, which
expands in the steam turbines. Steam turbines are connected to ship propellers.
When the engine load is not sufficient for burning all BOG mass, the remainder
natural gas is directed to the condensers for being liquefied again. This simple
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Fig. 7.21 Results of the environmental and economic analysis of a Ro-Ro vessel operation in
ECAs a annual fuel consumption and relative cost versus MGO operation, b annual fuel, lube oil,
and consumables cost, c machinery investment cost, d annual machinery cost, e payback time
(expressed as relative value with respect to MGO operation), f net present value assuming 10 years
operation, g CO2, NOx, and SOx emissions relative values compared to the ones of MGO operation
and h EEDI values (Levander 2011)
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strategy eliminates the need for one gas combustion unit, which is demanded for the
other two gas propulsion systems considered in the study of Ekanem Attah and
Bucknall (Ekanem Attah and Bucknall 2015): the traditional slow-speed two-stroke
diesel engine with re-liquefaction plant (SSDR) and the dual-fuel diesel–electric
(DFDE) propulsion system. A schematic view of the LNG carrier propulsion sys-
tem based on steam turbines (STPS) is given in Fig. 7.22. The specific installation
is comprised of two steam generators using natural gas/heavy fuel oil as fuel. The
generated steam besides expansion in steam turbines is used in auxiliary systems
including electric generators and pumps (Ekanem Attah and Bucknall 2015; Chang
et al. 2008a; Clarksons Shipping Intelligence Network 2014a; Wayne and Hogson
2006; American Bureau of Shipping 2014; Bureau Veritas 2014).

Slow-speed two-stroke diesel engines with re-liquefaction of Boil-Off Gas
(BOG). The slow-speed two-stroke diesel engines installation is an integrated
propulsion system with re-liquefaction installation of boil-off gas, where the BOG
is liquefied and returns to storage tanks instead of being burned in the engines. The
layout of the slow-speed diesel engines in such systems is usually based on the twin
screw layout with two slow-speed diesel engines directly connected to two pro-
pellers as evidenced by Fig. 7.23 (Ekanem Attah and Bucknall 2015; Chang et al.
2008a; Clarksons Shipping Intelligence Network 2014a; Wayne and Hogson 2006;
American Bureau of Shipping 2014; Bureau Veritas 2014; Chang et al. 2008b).
This propulsion unit is also equipped with a gas control unit for selecting BOG in
cases where the BOG capacity is higher than the re-liquefaction installation
capacity. The BOG liquefaction installation is based on a closed nitrogen cycle

Fig. 7.22 Schematic view of the installation of a steam turbine propulsion system (STPS) with
natural gas (Ekanem Attah and Bucknall 2015; Chang et al. 2008b) “Figure reproduced from 35.
Ekanem Attah, E. and Bucknall, R.: An Analysis of the Energy Efficiency of LNG Ships Powering
Options using the EEDI. Ocean Engineering, Vol. 110, pp. 62–74, 2015 with permission from
Elsevier”
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aiming to the heat extraction from the BOG. This ensures condensation of all
hydrocarbons contained in the natural gas in a way that they all transformed again
in LNG, whereas nitrogen and the other non-condensed gases remain as gas bubbles
inside LNG. However, these gas bubbles are separated using a liquid separator
where LNG is separated and is pumped back to the storage tanks and the
non-condensed gases indicating high nitrogen concentration are rejected to the
atmosphere or they burned in the gas combustion unit (GCU) (Ekanem Attah and
Bucknall 2015). For LNG carriers, this additional re-liquefaction system will induce
an additional electric power load between 3 and 4 MW though that some current
LNGC propulsion installations with CI engines have gas capacities between
216,000 and 260,000 m3 demanding a parasitic electric power ranging from 4.5 to
5.5 MW (Ekanem Attah and Bucknall 2015).

Dual-Fuel Diesel–Electric Propulsion—DFDE. This propulsion system contains
retrofitted diesel engines in order they be able to burn BOG besides diesel oil as
evidenced by Fig. 7.24 (Ekanem Attah and Bucknall 2015; Chang et al. 2008a;
Clarksons Shipping Intelligence Network 2014a; Wayne and Hogson 2006;
American Bureau of Shipping 2014; Bureau Veritas 2014; Chang et al. 2008b).
This propulsion installation uses multiple diesel generators, usually four, in order all
powering needs of the ship to be covered. The ship in this case contains the main

Fig. 7.23 Schematic view of ship propulsion system with slow-speed two-stroke dual-fuel diesel
engines and re-liquefaction devices of the boil-off gas (BOG) (Ekanem Attah and Bucknall 2015;
Chang et al. 2008b) “Figure reproduced from 35. Ekanem Attah, E. and Bucknall, R.: An Analysis
of the Energy Efficiency of LNG Ships Powering Options using the EEDI. Ocean Engineering, Vol.
110, pp. 62–74, 2015 with permission from Elsevier”
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system since the diesel generators produce electric energy and the electric motors
use this electric energy for ship propelling (Ekanem Attah and Bucknall 2015).
However, the diesel engine operates with natural gas, which is inducted in the
engine through inlet valves gas, whereas ignition in each cylinder is induced using
pilot diesel injection. The diesel engines of these systems can also operate under
diesel-only operation. However, they cannot operate with both natural gas and
diesel oil. This is a deficiency of the DFDE system compared to the STPS system,
where steam generators can burn efficiently different proportions of gas and diesel
simultaneously (Ekanem Attah and Bucknall 2015). Multiple diesel–electric gen-
erators operation provides operational flexibility and increased autonomy (Ekanem
Attah and Bucknall 2015).

Methodology of Comparative Evaluation of Natural Gas Propulsion Systems
based on EEDI Though that most of the energy efficiency indices are based on the
simple principle of using less energy for the production of the same amount of
useful energy, there is a current trend for the quantification of the energy efficiency
in relevance with the corresponding environmental merits such as the reduction of
anthropogenic emissions (Ekanem Attah and Bucknall 2015). This is the case with
International Maritime Organization (IMO), which has defined and issued the
Energy Efficiency Design Index (EEDI), which is based on mathematical formula
used for the calculation of CO2 mass emitted per transportation work (metric tons
per nautical mile) of a specific energy production unit. Actual EEDI is calculated
using mathematical formulas and directives published by IMO, and the calculated
EEDI should be lower than a predefined initial value, which is progressively be
reduced during a period of five years. The compliance of actual EEDI with the
continuous reduced predefined limits during a period of five years is expected to
trigger more effective CO2 reduction methods than the initial ones considered. In

Fig. 7.24 Schematic view of the propulsion system installation with dual-fuel diesel–electric
propulsion (DFDE) (Ekanem Attah and Bucknall 2015; Chang et al. 2008b) “Figure reproduced
from 35. Ekanem Attah, E. and Bucknall, R.: An Analysis of the Energy Efficiency of LNG Ships
Powering Options using the EEDI. Ocean Engineering, Vol. 110, pp. 62–74, 2015 with permission
from Elsevier”
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the study of Ekanem Attah and Bucknall (Ekanem Attah and Bucknall 2015), EEDI
is used an analytical tool for the evaluation of the efficiency of the current fleet of
LNG carriers.

Though that the EEDI is valid only for new buildings, many studies have tried to
use EEDI as a tool for the evaluation of the efficiency of existing ship projects
aiming to the prediction of the impact this IMO regulation has in conjunction with
specific propulsion technology or to improve EEDI values for the future energy
consumption plans of the examined ship. Due to the fact that the majority of LNG
carriers use unconventional propulsion systems, and thus, they were excluded from
the initial EEDI regulations, and most of the studies are focused to an EEDI
calculation method for these unconventional propulsion systems (Ekanem Attah
and Bucknall 2015). However, there is any study analyzing EEDI of ships using
steam turbines as propulsion system, which was corresponded to 80% of the ships
at the moment (Ekanem Attah and Bucknall 2015). However, in 2011 were pub-
lished more detailed studies covering more propulsion types (Ekanem Attah and
Bucknall 2015). These studies contained publications describing an EEDI calcu-
lation method for STPS and DFDE technologies (Ekanem Attah and Bucknall
2015). Hence, these studies approved by IMO as a standard, one which the current
EEDI regulations for LNG carriers are based (Ekanem Attah and Bucknall 2015).

One major advantage of the EEDI analysis is that it is based on well-established
regulations, and thus, its importance for future LNG carriers (LNGC) plans should
be taken into consideration. It is expected that all new LNGC EEDI regulations,
which have approved in 2014, will be issued from September 2015 for all newly
accepted LNGCs (Ekanem Attah and Bucknall 2015). Another virtue of
LNGC EEDI analysis is that this efficiency analysis is very detailed, and it can be
used effectively for assessing the efficiency and the emitted GHG values of different
propulsion systems such as steam turbines (STPS), dual-fuel diesel–electric
propulsion (DFDE), and slow-speed direct drive (SSDR) propulsion. EEDI analysis
does not take into account other emissions except CO2 (Ekanem Attah and
Bucknall 2015). Though that the majority of other maritime emissions such as NOx

and SOx are covered by other IMO regulations, there are GHG emissions such as
methane emissions (i.e., methane slip), which at the moment are not covered by any
IMO regulation (Ekanem Attah and Bucknall 2015). This observation creates the
problem that there is possibility the operation of a specific propulsion system to
result in reduction of CO2 emissions and simultaneously to result in the deterio-
ration of uncontrolled emissions such as methane slip. In addition, the use of a
common EEDI reference value for three different propulsion technologies and their
pertinent efficiencies is possible to cause a high data dispersion as we moving from
the less efficient STPS to more efficient configurations such as DFDE (Ekanem
Attah and Bucknall 2015).

Analysis of EEDI Methodology The main objectives of the Ekanem Attah and
Bucknall study (Ekanem Attah and Bucknall 2015) are the quantification of the
CO2 values emitted from ships, and through this process, the definition of CO2

reference curves for new buildings. EEDI regulations have issued for many
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different ship types such as tankers, container ships, and cargo ships from January
2013, whereas LNG carriers have been excluded from these regulations due to the
initial difficulties in the calculation of EEDI values for steam turbines propulsion
system and diesel–electric propulsion system, which both correspond to 90% of the
current LNGC fleet and of the corresponding future predictions (Ekanem Attah and
Bucknall 2015). However, after an overall re-evaluation, IMO has approved
amendments in MARPOL Annex VI to expand EEDI application in LNG ships and
this amendment was published in April 2014, whereas its application has initiated
from September 2015 (Ekanem Attah and Bucknall 2015). The baseline adopted for
LNGCs is shown in Eq. (7.1), whereas details for the corresponding phase distri-
bution can be found in Ekanem Attah and Bucknall (2015).

Baseline value ¼ 2253:7� deadweight�0:474 ð7:1Þ
EEDI Analysis of Current LNGC Fleet A statistical analysis of current LNGC fleet
was performed by (Ekanem Attah and Bucknall 2015) to predict effectively the
repercussions of EEDI basic limits for LNGCs regarding the design of future LNG
carriers. Current LNGC fleet data were obtained from Clarkson’s World Fleet
Register taken into account only ships built in 2000 or later. Estimation for these
ships is calculated using EEDI, which takes only into consideration the generated
powers of the main and auxiliary engines, standardized fuel consumptions (based
on IMO MEPC 65) (International Maritime Organization 2017; Ekanem Attah and
Bucknall 2015; Clarksons Shipping Intelligence Network 2014a; Clarksons
Shipping Intelligence Network 2014b), with capacity in tons deadweight and the
speed of the ship, both obtained from the Clarkson’s World Fleet Register and
verified from the corresponding class societies registers (American Bureau of
Shipping 2014; Bureau Veritas 2014). More details about the EEDI analysis of
current LNGCs fleet can be retrieved from Ekanem Attah and Bucknall study
(Ekanem Attah and Bucknall 2015).

EEDI Calculation Considering Methane Slip. According to Ekenam Attah and
Bucknall (Ekanem Attah and Bucknall 2015) though that with dual-fuel diesel–
electric propulsion (DFDE) are attained lower EEDI values compared to propulsion
with steam turbines and propulsion with slow-speed two-stroke dual-fuel engines,
DFDE suffers from increased methane slip. The term “methane slip” corresponds to
unburned methane emitted to the atmosphere from internal combustion engines.
Methane (CH4) has severe negative impact on greenhouse phenomenon, and thus,
this hazardous environmental impact of methane compromises seriously the envi-
ronmental benefits from reduced EEDI values in CO2 emissions (Ekanem Attah and
Bucknall 2015). This effect is considerably worrying since methane has 20–25
times worst impact on greenhouse phenomenon compared to CO2 if the effects are
calculated on a life cycle of 100 years whereas the corresponding effects calculated
on a life cycle of 20 years the negative greenhouse effect of methane compared to
CO2 is 72 times worst (Ekanem Attah and Bucknall 2015). This means that the
release of even small gas volumes to the atmosphere will counterbalance all the
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merits from the reduction of CO2 emissions caused by the improved engine effi-
ciency. Hence, during calculation of CO2 emissions effects based on EEDI math-
ematical formulas, methane emissions should be taken into account as equivalent
CO2 emissions (Ekanem Attah and Bucknall 2015).

Methane slip issue is more intense in four-stroke engines used in dual-fuel
diesel–electric propulsion compared to gas injection and diesel engines mainly
because in four-stroke DFDEs the unburnt methane is trapped in combustion
chamber crevices such as piston rings and valve seats. In these crevices, the fuel–air
mixture equivalence ration has such a value that it cannot be totally burnt during
combustion leading to methane emission with other exhaust gases through the
exhaust valves during expansion stroke (Ekanem Attah and Bucknall 2015). On the
other hand, natural gas injection engines operate with natural gas direct injection as
in conventional diesel engines ensuring that no gas is present during compression
stroke or during scavenging process reducing, thus, methane emissions to levels,
which are comparable with the ones of conventional liquid fuels (Ekanem Attah and
Bucknall 2015).

Considerable research has been performed aiming to the reduction of methane
slip, which focuses on the use of combustion pre-chamber and on the improvement
of combustion technology (optimization of injection timing, increase of injection
pressure, and increase of inlet air temperature) (Ekanem Attah and Bucknall 2015).
In the case that the reduction of methane slip inside the engine combustion chamber
is not feasible, it has been examined the use of oxidation catalyst for methane
capture in engine’s exhaust. However, for most DFDE engine technologies,
methane slip has been reduced to 3–4 g/kWh compared to 8–15 g/kWh of existing
DFDEs (Ekanem Attah and Bucknall 2015). Having given that the mean specific
fuel consumption (SFC) of DFDEs is approximately 175 g/kWh, the following
formulas are used for the transformation of methane slip to equivalent CO2 emis-
sions (Ekanem Attah and Bucknall 2015):

Methane slip ¼ 8 g/kWh

SFC ¼ 175 g/kWh

Methane equivalent of SFCme ¼ 8=175 ¼ 4:57%

Assuming 1 ton of gas fuel containing methane is burning in DFDEs, then
2.75 tons of CO2 are produced assuming 4.57% methane slip. Hence, 1 ton of fuel
gas containing methane generates 2.624 tons of CO2 and 0.0457 tons of CH4.
Taking into account that in a life cycle of 100 years, the methane effect is 21 times
higher than of this of CO2 it is concluded that the total equivalent CO2 emissions
are (Ekanem Attah and Bucknall 2015):

Total CO2equiv ¼ 2:624 þ 0:0457 � 21ð Þ ¼ 3:5837 tCO2equiv

Taking into consideration that in a life cycle of 20 years, the negative impact of
methane slip to greenhouse phenomenon is 72 times higher than that of CO2
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emissions is concluded that the total equivalent CO2 emissions are (Ekanem Attah
and Bucknall 2015):

Total CO2equiv ¼ 2:624 þ 0:0457 � 72ð Þ ¼ 5:9144 tCO2equiv

Hence, the equivalent CO2 emissions taking into account 1-ton methane slip to
atmosphere are 3.5837 t CO2 equivalent with 100 years life cycle analysis and
5.9144 t CO2 equivalent with 20 years life cycle analysis (Ekanem Attah and
Bucknall 2015).

Main Conclusions of the Theoretical Analysis of Three Different Propulsion
Systems of LNGCS based on EEDI Ekanem Attah and Bucknall (Ekanem Attah
and Bucknall 2015) have performed a detailed evaluation of effect of LNG trans-
portation using EEDI. More specifically, they examined the energetic and the
environmental performance of three different propulsion systems, which are used in
LNG carriers in terms of CO2 and CH4 emissions. The three propulsion systems
investigated were a steam turbines’ propulsion system (STPS), a propulsion system
equipped with slow-speed two-stroke dual-fuel engines (SSDR), and a propulsion
system equipped with four-stroke dual-fuel CI engines (DFDE). The main con-
clusions of this elaborative study are the following (Ekanem Attah and Bucknall
2015):

• In terms of specific CO2 emissions (in g per metric ton of ship capacity), DFDE
indicates the lowest specific CO2 emissions, whereas STPS indicates the highest
specific CO2 emissions (Ekanem Attah and Bucknall 2015).

• The current IMO EEDI limits are satisfied more or less from the 23% of the
current LNG carriers’ fleet. In this percentage of LNGCs, various propulsion
systems are used. It is worth to mention that EEDI values corresponding to
diesel–electric propulsion systems of LNGCs are considerably lower compared
to the current EEDI baseline. Taking into account that 72% of future orders
(reference year: 2015) for LNG carriers will have dual-fuel diesel–electric
propulsion system from 2025 and onwards according to IMO dictations, they
will demand additional energy efficiency improvement measures of the existing
dual-fuel diesel–electric propulsion systems since they already comply with
these limits (Ekanem Attah and Bucknall 2015).

• Two-stroke CI engines with natural gas injection, which correspond to the 60%
of LNG carriers being ordered for construction in the near future and they will
be used in direct drive propulsion systems it appears that they will offer almost
30% EEDI improvement compared to current two-stroke engines direct drive
systems due to the reduction of specific fuel consumption, the reduction of CO2

emissions and the elimination of the need for boil-off gas re-liquefaction
installation. Such EEDI improvements of direct drive systems bring them to the
same level (in terms of EEDI values) with four-stroke dual-fuel diesel–electric
propulsion systems. Both two-stroke slow-speed direct drive systems and
dual-fuel diesel–electric propulsion systems are fully complying with EEDI
requirements from 2025 and onwards (Ekanem Attah and Bucknall 2015).
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• When methane slip is taken into account in EEDI picture as equivalent CO2

emissions, the energy efficiency of diesel–electric propulsion systems with
dual-fuel engines is reduced. Taking into consideration a 100 years life cycle,
total CO2 emissions are increased by 30% compared to the corresponding EEDI
value to be close or relatively lower to the current EEDI baseline curve.
Oppositely considering a life cycle of 20 years, total CO2 emissions are
increased by 115% with the corresponding EEDI value to be considerably
higher from the current EEDI baseline surpassing even the STPS, which has the
lowest efficiency from all three systems examined (Ekanem Attah and Bucknall
2015).

7.6 Conclusions

In the present study, a detailed technological, environmental, and economic survey
regarding natural gas combustion in marine two-stroke dual-fuel engines, marine
four-stroke dual-fuel engines, and gas spark-ignition engines was performed.
Starting from marine main two-stroke dual-fuel engines, the comparison of the
“diesel-cycle” and the “Otto-cycle” dual-fuel engine types resulted in the derivation
of the following conclusions:

• “Diesel-cycle” dual-fuel engine has higher fuel efficiency compared to the
“Otto-cycle” dual-fuel engine type.

• “Diesel-cycle” dual-fuel engine has smoother load response and easier transition
to diesel-only and back to gas/diesel operation compared to the “Otto-cycle”
dual-fuel engine type.

• Unlike “Otto-cycle” dual-fuel engine, two-stroke diesel engine can be retrofitted
for operating as two-stroke “diesel-cycle” dual-fuel engine.

• “Diesel-cycle” dual-fuel operation in contrast to “Otto-cycle” dual-fuel opera-
tion is not seriously affected by natural gas quality (i.e., MN).

• Both two-stroke dual-fuel engine types meet directly ECA SOx requirements
• “Otto-cycle” engine type meets directly IMO NOx Tier III limits, whereas

“diesel-cycle” engine type requires EGR or SCR.
• Unlike “diesel-cycle” dual-fuel engine type, “Otto-cycle” engine type indicates

a knocking risk and noticeable methane slip.

The detailed assessment of the four-stroke dual-fuel and gas SI engines on a
technological, environmental, and economic basis resulted in the determination of
the following conclusions:

• Modern four-stroke dual-fuel and gas SI engines have increased fuel efficiency
(lower than two-stroke ones) and increased power density (higher than
two-stroke ones) compared to the recent past.
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• Pre-chamber technology ensures stable ignition and more complete combustion
and also ensures improved combustion stability and reduced knocking risk.

• Dual-fuel marine engines and PCSI auxiliary engines meet directly ECA SOx

requirements and IMO NOx Tier III limits, whereas indicate higher THC,
methane slip, and CO emissions compared to conventional marine diesel
engines.

• Conventional four-stroke marine CI engines can be retrofitted to dual-fuel
engines

• Dual-fuel engines compared to other SOx and NOx ECA solutions indicate
highest NPV and also SOx free operation.

The most promising future propulsion system solutions for LNG carriers in
terms of increased energy efficiency and IMO compliance for GHG emissions are
the four-stroke dual-fuel CI engines and the slow-speed two-stroke dual-fuel CI
engines, whereas there is an immediate requirement for inclusion of methane
emissions (i.e., methane slip) in EEDI picture.

The increasing market share of dual-fuel diesel–electric propulsion and
two-stroke main dual-fuel engines in current and future LNG carriers (Stiefel 2015)
is anticipated to lead to the development of future two-stroke and four-stroke
dual-fuel engines with superior performance characteristics and reduced gaseous
and particulate emissions compared to recent past. It should be clearly underlined
that the main purpose of the present study was to consolidate and critically evaluate
existing knowledge in the field of marine natural gas internal combustion engines
by demonstrating the advantages and the disadvantages of each engine-type solu-
tion. Consequently, the adaptation of natural gas as marine fuel in a specific vessel
is a complex and multi-variable decision, which will be determined by many
technical, operational, environmental, and economic aspects on a case-by-case
basis.
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Chapter 8
Advanced Combustion in Natural
Gas-Fueled Engines

Ulugbek Azimov , Nobuyuki Kawahara , Kazuya Tsuboi
and Eiji Tomita

Abstract Current energy and emission regulations set the requirements to increase
the use of natural gas in engines for transportation and power generation. The
characteristics of natural gas are high octane number, less amount of carbon in the
molecule, suitable to lean combustion, less ignitibility, etc. There are some
advantages of using natural gas for engine combustion. First, less carbon dioxide is
emitted due to its molecular characteristics. Second, higher thermal efficiency is
achieved owing to the high compression ratio compared to that of gasoline engines.
Natural gas has higher octane number so that knock is hard to occur even at high
compression ratios. However, this becomes a disadvantage in homogeneous charge
compression ignition (HCCI) engines or compression ignition engines because the
initial auto-ignition is difficult to be achieved. When natural gas is used in a diesel
engine, primary natural gas–air mixture is ignited with small amount of diesel fuel.
It was found that under high pressure, lean conditions, and with the control of
certain parameters, the end gas is auto-ignited without knock and improves the
engine combustion efficiency. Recently, some new fuel ignition technologies have
been developed to be applied to natural gas engines. These are the laser-assisted and
plasma-assisted ignition systems with high energy and compact size.
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Abbreviations

ATDC After top dead center
AFR Air–fuel ratio
BTDC Before top dead center
CA Crank angle
CAD Crank angle degree
CFD Computational fluid dynamics
CI Compression ignition
CNG Compressed natural gas
CO Carbon monoxide
CO2 Carbon dioxide
EVC Exhaust valve closing
EVO Exhaust valve opening
EGR Exhaust gas recirculation
/ Equivalence ratio
IMEP Indicated mean effective pressure
IVC Intake valve close
IVO Intake valve open
HC Hydrocarbon
HCCI Homogeneous charge compression ignition
HRR Heat release rate
IC Internal combustion
LES Large Eddy simulation
LTC Low-temperature combustion
mDF Mass of pilot-injected diesel fuel
NG Natural gas
NO Nitrogen monoxide
NOx Nitrogen oxides
P Pressure
PCCI Premixed charge compression ignition
rpm Revolution per minute
RANS Reynolds-averaged Navier–Stokes
RCCI Reactivity controlled compression ignition
SI Spark ignition
SOC Start of combustion
SOI Start of injection
T Temperature
TG Ignition temperature
TDC Top dead center
UHC Unburned hydrocarbon
V Volume
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8.1 Introduction

Internal combustion (IC) engines can perform more efficiently and with a lower
level of toxic emissions if natural gas (NG) is used as a fuel. NG is a naturally
occurring gas mixture, which consists of primarily methane and some amount of
higher hydrocarbons, nitrogen, and carbon dioxide. Typical composition of a
commercial NG product is shown in Fig. 8.1.

Due to the lowest carbon-to-hydrogen ratio, compared to other fossil fuels, NG
emits the least amount of CO2 during its combustion. Plentiful resources, lower
price, and cleaner burning compared to conventional liquid fuels have made NG a
very economic fuel to be used in IC engines. Another important feature of NG, its
high octane number, makes it suitable to be used in engines with high compression
ratios (Zheng et al. 2005).

To meet low emission standards for IC engines, researchers have been exten-
sively studying the low-temperature combustion (LTC) concept (Dempsey et al.
2014; Caton 2011). These studies showed that utilizing LTC strategies in engines
can result in a simultaneous reduction of nitrogen oxides (NOx) and soot emissions
and also helps achieving higher thermal efficiencies (Jia et al. 2011; Asad et al.
2013; Aoyama et al. 1996).

NG can be also used in a homogeneous charge compression ignition (HCCI)
engines. In the HCCI combustion mode, a mixture of air and NG is auto-ignited due

Fig. 8.1 Typical composition of a commercial NG product (http://www.uniongas.com/aboutus/
aboutng/composition.asp)
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to the temperature increase close to the top dead center (TDC). The combustion
process is significantly faster than that in either traditional compression ignition
(CI) or spark ignition (SI) engines (Reitz 2013). The challenge for HCCI engine is
to control auto-ignition and combustion. A new LTC concept named reactivity
controlled compression ignition (RCCI) was developed by the researchers
(Kokjohn et al. 2010, 2011; Splitter et al. 2010) to overcome difficulties like
combustion phasing control and very high pressure rise rate (PRR), to extend
engine operating limits and avoid potential combustion instability and misfire
(Imtenan et al. 2014; Gharehghani et al. 2015; Zhou et al. 2015; Benajes et al. 2015;
Li et al. 2015; Laguitton et al. 2007; Molina et al. 2015; Nieman et al. 2012;
Paykani et al. 2015; Kakaee et al. 2015; Christensen and Johansson 1998).

The demand for high thermal efficiency can be met through ignition of lean fuel
mixtures. However, lean combustion is related to slower flame propagation speeds
and decreased power output. Engine power output can be elevated through boosting
the initial cylinder pressure. An increase in the cylinder pressure keeping the same
spark plug electrode distance would require increased secondary coil voltage, which
leads to extreme erosion of electrodes over time. Flame propagation speed in lean
air–fuel mixtures can be expanded whether through optimizing the position of
ignition spot in the combustion chamber or with the aid of multi-point ignition.
Ignition spot always stays close to the top of the combustion chamber in a tradi-
tional spark ignition engine and cannot be varied from its location. This can be
resolved by using a laser as an ignition source.

In addition to the laser ignition, the possible use of non-equilibrium plasma for
ignition and combustion control has also raised the increasing interest due to the
possibility of plasma-assisted approaches for ignition and flame stabilization.
During the past decade, significant progress has been made toward understanding
the mechanisms of plasma-chemistry interactions, power redistribution, and the
non-equilibrium initiation of combustion (Starikovskii 2005). Plasma application
has been shown to furnish additional combustion control, which is crucial for
ultra-lean flames, high-speed flows, high-pressure conditions, and distributed
ignition control in HCCI engines. In addition, a wide variety of fuels have been
examined for the use of various types of discharge plasmas. The following sections
will describe in more detail the above-mentioned combustion and ignition tech-
nologies and techniques applied for natural gas-fueled engines.

8.2 Combustion of Natural Gas in Dual-Fuel Engines

To meet stringent emission standards, researchers have been developing LTC
solutions to improve the traditional internal combustion engines in order to develop
IC engines with higher efficiencies and cleaner combustion (Agarwal et al. 2017;
Musculus Mark et al. 2013; Gharehghani et al. 2016; Scott Guerry et al. 2016).
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Many different gaseous and liquid fuels have been evaluated in the dual-fuel
combustion engine, and natural gas is believed to be one of the most suitable
alternatives due to the low cost and excellent antiknock properties (Wagemakers
and Leermakers 2012; Hosmath et al. 2016).

8.2.1 Experimental Research on Dual-Fuel Engines

Several experimental research efforts on dual-fuel engines were carried out by the
authors of this chapter. The more detailed explanation can be found in references
(Tomita et al. 2002, 2004, 2007; Roy et al. 2009). Tomita et al. (2009) investigated
the combustion and exhaust emissions in supercharged dual-fuel natural gas
engines. The authors documented the range of operating conditions under which the
new higher efficiency PREmixed Mixture Ignition in the End-gas Region
(PREMIER) combustion mode was experimentally tested in a pilot-ignited, natural
gas dual-fuel engine. The heat release during the PREMIER combustion is pre-
sented in Fig. 8.2. The details of this combustion mode are presented in the ref-
erence (Tomita et al. 2009).

Figure 8.3 shows a schematic diagram of the experimental setup. The engine
specifications and experimental conditions are given in Table 8.1 and explained in
detail in the reference (Tomita et al. 2009).

Figure 8.4 shows the flame development of NG as a primary fuel ignited by
micro-pilot-ignited diesel fuel. The flame area is gradually increasing in all four
directions with the flame front finally reaching the cylinder wall. The flame speed is
affected by the CO and CO2 gases produced during the combustion. The effect of
these species on fuel oxidation and flame propagation is a quite complex topic and
is outside of the scope of this chapter. Figure 8.5 shows the intensity of the emitted

Fig. 8.2 Conceptual
illustration of PREMIER
combustion as the rate of heat
release
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Fig. 8.3 Schematic diagram of experimental setup

Table 8.1 Engine specification and experimental conditions

Engine type Four stroke, single cylinder, water cooled

Bore � stroke 96 � 108 mm

Swept volume 781.7 cm3

Compression ratio 16

Combustion system Dual fuel, direct injection

Combustion chamber Shallow dish

Engine speed 1000 r/min

Intake pressure 101, 200 kPa

Injection system Common rail

Nozzle hole � diameter 3 � 0.10 mm, 3 � 0.08 mm, 4 � 0.10 mm

Pilot fuel injection pressure 40, 80, 120, 150 MPa

Pilot fuel injection quantity 2, 3 mg/cycle

Injection timing From 13° BTDC to TDC

Equivalence ratio 0.6
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light as background-subtracted ensemble-averaged spectra at the instances the
propagating flame arrives at the end-gas region where the optical sensor is installed
to capture the end-gas region auto-ignition. The detailed explanations of this setup
are provided in the reference (Azimov et al. 2011).

Fig. 8.4 Dual-fuel combustion sequential images at Pinj = 40 MPa, Pin = 101 kPa, hinj = 8°
BTDC, mDF = 2 mg/cycle, /t = 0.6. Natural gas, CH4 = 88%, C2H6 = 6%, C3H8 = 4%,
n-C4H10 = 2%
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To maintain PREMIER combustion in a dual-fuel natural gas engine, the effects
of several operating parameters must be identified. For example, as shown in
Fig. 8.6, PREMIER combustion can be achieved by maintaining certain fixed
experimental conditions (Azimov et al. 2016).

The engine experimental conditions are presented in Table 8.2.

8.2.2 Numerical Modeling of Dual-Fuel Engines

Dual-fuel combustion is one of the efficient, clean yet difficult to model phe-
nomenon. Dual-fuel combustion has both CI and SI characteristics in addition to its
own typical behavior, which increases the complexity of the combustion process.
Traditionally, in the dual-fuel combustion process, a diesel spray is introduced in a
nearly homogeneous air–fuel mixture. To model dual-fuel combustion, the
well-established auto-ignition models can be used. As the first stage of the dual-fuel
combustion is auto-ignition, these models can be applied directly without any
change under the assumption that diesel auto-ignition is not affected by the presence

Fig. 8.5 Detailed spectra in
the end-gas region.
Pinj = 40 MPa,
Pin = 200 kPa,
Dhole = 0.1 mm, Nhole = 3,
mDF = 2 mg/cycle
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of another fuel species such as methane, and traces of ethane, propane, and
iso-butane. In reality, traces of any gaseous fuel can change ignition delay, tem-
perature of auto-ignition process, duration of first-stage ignition, and laminar
burning velocity. Hence, diesel substitution ratio is very important in order to
recognize the percentage of energy delivered by diesel fuel.

One of the current challenges in the 3D CFD simulation of the dual-fuel com-
bustion is to get the correct heat release from the chemical reactions compared with
the experimental data. This is important to predict knock in the dual-fuel operation.
Dual-fuel engine starts combustion using pilot fuel spray, and auto-ignition of that
small fuel acts as a spark energy for the lean gaseous fuel-air mixture. This mode of
combustion can be investigated experimentally as was explained in earlier section,

Fig. 8.6 Effect of pilot fuel injection timing on cylinder pressure and the rate of heat release

Table 8.2 Engine
experimental conditions

Pinj

(MPa)
Pin

(kPa)
Dhole

(mm)
Nhole mDF (mg/

cycle)

a 40 200 0.1 3 3

b 80 200 0.1 3 3

c 120 200 0.1 3 3

d 150 200 0.1 3 3

e 40 200 0.1 3 2

f 80 200 0.1 3 2

g 150 200 0.08 3 3

h 150 200 0.1 4 3
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but poses a very complicated problem for 3D CFD modeling. In SI engines, spark
location is known and has precise spark energy, spark efficiency, and duration of
the spark associated with it whereas dual-fuel engine heavily depends on the nature
of the pilot spray to start premixed flame-type combustion.

The sequence of different types of combustion is very important for dual-fuel
operation mode. For regular dual-fuel operation, the diesel pilot spray evaporates
and mixes with already almost homogeneous mixture of natural gas and air. During
this process, auto-ignition of diesel takes place and produces first heat release. This
rate of heat release heavily depends on the quantity of diesel, compression ratio, and
local equivalence ratio. First ignition starts the flame propagation and consumes
most of the gaseous fuel. It is important to focus on the end-gas ignition, which
follows the traditional flame propagation and has significant heat release rate
compared to the first two zones, namely auto-ignition of diesel and flame front
propagation in lean NG–air mixture. Hence, auto-ignition model with detailed
chemistry and well-established flame propagation model hereafter mentioned as
G-equation model can be used to model dual-fuel combustion in diesel engine.
G-equation model is:

@qG
@t

þ @qbuiG
@xi

¼ �Dtj
@G
@xi

���� ����þ quSt
@G
@xi

���� ���� ð8:1Þ

where Dt is turbulent diffusion, j is curvature of the flame, qu is unburnt density,
and St is turbulent flame speed. Depending on the fuel composition and local
equivalence ratio, ignition temperature is found to vary between 950 and 1100 K
and hereafter it is denoted by TG. This temperature (TG) was decided using 0D
auto-ignition model for homogeneous charge in CHEMKIN. TG changes per local
equivalence ratio and fuel composition. El Merhubi et al. (2016) conducted
high-pressure (40 bar) methane auto-ignition using shock tube and also validated
GRI 3.0 mechanism for / = 0.5–1.0. At 40 bar pressure, auto-ignition temperature
of methane (/ = 0.5) is 1560 K. Though HCCI calculations assume premixed
charge, it is important to note that 1% diesel quantity by energy content signifi-
cantly changes auto-ignition temperature of methane. If n-heptane mass fraction is
less than 0.021, then TG is on the higher side. Hence, the value of TG needs to be
determined each time when the fuel composition changes. St is derived from
laminar flame speed Sl, when used for RANS modeling; it includes uʹ root mean
square of turbulent fluctuation velocity as shown in Eq. 8.2 (Peters 2000).

St ¼ Sl þ u0
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where b1 = 2.0, b3 = 1.0, a4 = 0.78, Da—Damkohler number.
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Equation 8.3 derived by Pitch (2002) is used for LES cases to calculate St

St ¼ Sl
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where Sc is turbulent Schmidt number, D is the filter width, and Cs is dynamic
Smagorinsky number. In G-equation model G (x, t) is a non-reactive scalar
iso-surface for any fixed value of x. The flame front is described by G = 0 surface,
and the flame thickness is superimposed by Gʹ on this iso-surface. G-equation
depends on the closure solution for calculating turbulent flame speed and does not
have a source term; hence, G-equation model can be easily coupled with detailed
chemistry model (Yang and Reitz 2010; Liang et al. 2007; Long 2006; Tamagna
et al. 2008). Positive value of G suggests burnt zone, and negative value is used for
unburnt zone. In the current model, laminar flame speed is calculated using
CHEMKIN 1D laminar flame speed calculations instead of Guilder’s equation
(Gulder 1984) as it tends to overpredict the laminar flame speed for single com-
ponent fuels like methane at high pressure and temperature conditions.

Figure 8.7 shows combustion progress at 4.5° BTDC after injection has occurred
at 14.5° BTDC. Formaldehyde (CH2O) is a main attribute of low-temperature
combustion which appears not only in the vicinity of the flame kernels but on the
peripheral area of entire combustion chamber. Plotted iso-surface at G = 0.0001
shows predominantly low-temperature regions. The empty region in the middle of
combustion chamber is a high-temperature zone, and in the third figure, OH con-
centration is highest in the same region. This shows the smaller high-temperature
region near spray surrounded by cluster of low-temperature ignition sites.

Figure 8.8 shows the development of the initial kernel after the second
micro-pilot injection is complete. CH2O iso-surface is created for highest concen-
tration and colored by temperature to show the sites of preignition low-temperature
chemistry. Subsequently, G iso-surface at value 1e−04, i.e., at 0.1 mm distance
from mean flame front inside the burn zone is also colored by temperature which
shows three major kernel formation zones around three spray lobes. It is very
important to note that outside the flame zone, at low-temperature initial kernel
development starts at various locations. This kernel depending on the location from
the wall and from mean flame front either becomes auto-ignition sites or just
contributes to small energy release. OH iso-surface is plotted at highest mass
fraction of OH (1.e−03) and shows the high-temperature chemistry inside the burnt
zone. The heat release in case of the split micro-pilot injection is illustrated with
CH2O and G iso-surface as shown in Fig. 8.8 at 6° ATDC. The first micro-pilot
injection occurs at 6° BTDC, and Fig. 8.8 shows the aftermath for flame kernel
development after the second micro-pilot injection at 5° ATDC. The positive value
of G suggests the burnt region, and the negative value shows the unburnt region
outside the flame zone whereas G = 0 is the mean flame front brush. CH2O and G-
surfaces are colored by temperature to show low-temperature flame segments.
G = 1e−04 shows the 0.1 mm zone inside the burnt zone after the flame front has
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passed. CH2O iso-surface shows in the pre-flame chemistry occurring outside the
flame front at much lower temperature of 900 K, where inside the burnt zone the
temperature is 2500 K.

Figure 8.9 shows trend of local temperature, which includes single micro-pilot
injection at 14.5° BTDC. The highest temperature is noted from preheat region
(1 mm away from the flame front), and second highest temperature belongs to the
burnt region (1–2 mm inside the flame front). It is also important to note that
around 6° BTDC mean flame front (G = 0) reaches highest temperature, and at the
same time in preheat region 2–5 mm away from mean flame, there is a sudden
increase in temperature. This is a very clear indication of end-gas ignition provided
that temperature is much less at 0.5 mm outside the flame.

Fig. 8.7 CH2O and G iso-surfaces for low-temperature flame localization, and OH for
high-temperature combustion (single micro-pilot injected at 14.5° BTDC). RPM—1000, Pinj—
40 MPa, CH4—25 mg/cyl, diesel—0.8 mg/cyl, k—1.92, IMEP—1.5 MPa
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Figure 8.10 shows the local temperature and pressure data for the same scenario,
and there are two major heat release zones; the first one is at 1000 K range, and the
second zone shows high-temperature end-gas heat release at 2100 K range.
Both LES and RANS turbulent models with the same combustion model showed
good agreement in terms of end-gas ignition.

Figure 8.11 shows the gradient G that represents the temperature profiles in three
combustion regions. The positive values of G represent the temperature in the burnt
zone where post-flame chemistry is dominant and has the highest temperature in the
combustion chamber. Negative values of G show the preheat or pre-flame regime
where end-gas ignition happens in PREMIER cases. This is an excellent way of
predicting temperature in the end-gas region instead of just observing few locations
for higher heat release.

Fig. 8.8 CH2O and G iso-surfaces for low-temperature flame localization, and OH for
high-temperature combustion (the first micro-pilot injection is at 6° BTDC, and the second
micro-pilot injection is at 5° ATDC). RPM—1000, Pinj—40 MPa, CH4—26.7 mg/cyl, diesel inj—
first (6° BTDC)—0.8 mg/cyl, second (5° ATDC)—0.8 mg/cyl, k—1.66, IMEP—0.82 MPa
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Figure 8.12 shows the effect of split micro-pilot injection. Ignition sites for split
pilot injection are less in number compared to the single pilot injection case. The
graph shows the effect of methane on the first ignition temperature as well as the
overall temperature trend. For this case, when methane is present, first-stage ignition
temperature is lower as compared to the scenario when methane is not present. On the
contrary, at the second stage ignition methane burns at higher temperature compared
to diesel-only case. As the second micro-pilot starts at 5° ATDC, for non-methane
case temperature suddenly drops as spray is being injected in the developed flame
kernel of the first pilot injection. Start of the second micro-pilot is visible in Fig. 8.8.
This effect is reduced in case of multi-pilot injection due to the presence of methane,
and flame kernel grows with steady consumption of fuel. Split injection proves to be
effective in controlling end-gas ignition and growth of the flame kernel. The current
way of modeling proved to be very effective in detecting changes in the end-gas
ignition temperature as well as its precise location and frequency.

Fig. 8.9 Temperature profile
for different G values with
single micro-pilot injection.
RPM—1000, Pinj—40 MPa,
CH4—25 mg/cyl, diesel—
0.8 mg/cyl, k—1.92, IMEP—
1.5 MPa

Fig. 8.10 Local
temperature–pressure
relationship with single
micro-pilot injection. RPM—
1000, Pinj—40 MPa, CH4—
25 mg/cyl, diesel—0.8 mg/
cyl, k—1.92, IMEP—
1.5 MPa
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Fig. 8.11 Temperature profiles for different G values for the case with the first and second pilot
injection. RPM—1000, Pinj—40 MPa, CH4—26.7 mg/cyl, diesel inj—first (6° BTDC)—0.8 mg/
cyl, second (5° ATDC)—0.8 mg/cyl, k—1.66, IMEP—0.82 MPa

Fig. 8.12 Local temperature–pressure relationship for the case with the first and second pilot
injection with and without methane/CNG
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8.3 Combustion of Natural Gas in Homogeneous Charge
Compression Ignition (HCCI) Engines

NG requires little time for mixture preparation and is chemically stable, both of
which make it a suitable fuel for homogeneous charge compression ignition (HCCI)
engines. NG produces less greenhouse gas emissions compared to those of
petroleum-based fuels. NG also brings a few challenges for HCCI engine opera-
tions. NG has a high octane number and therefore is hard to auto-ignite. In addition,
NG usually has large differences in fuel composition from field to field, which adds
more uncertainties for engine applications to make universal adjustments to run on
different NG types. To enable the use of NG in HCCI engines, higher compression
ratios, significant amount of intake heating, some types of preignition and/or
internal EGR are required to be adjusted to ensure the auto-ignition.

The use of NG in HCCI engines has been studied for over a decade. The
obtained results (Ando et al. 2003; Jun et al. 2003) experimentally showed the effect
of different operating parameters such as intake temperature, density, equivalence
ratio, and others, on natural gas auto-ignition characteristics. Yap et al. (2004)
experimentally demonstrated the decrease of NOx emissions and increase of CO
and UHC emissions with the addition of reformed EGR. The same group (Yap et al.
2006) also reported an increase in NOx emissions with hydrogen addition at higher
loads in a natural gas HCCI engine. Other groups (Doughty et al. 1992) investigated
the effect of engine loads and measured the lower NOx emissions in the exhaust gas
at lower loads and at higher engine speeds.

8.3.1 Single-Zone Model

To simulate NG HCCI combustion in IC engines, a single-zone model with distinct
chemical kinetics in CHEMKIN can be employed (CHEMKIN-PRO 2010). The
fundamental assumption that the model imposes is that the temperature and species
concentrations are viewed as homogeneous throughout the cylinder. The thermo-
dynamic system described by the model is shown in Fig. 8.13. In the cylinder, there

Fig. 8.13 Piston–cylinder
system schematics of the
single-zone thermodynamic
model
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are four independent properties which include temperature (T), species concentra-
tion (Yk), pressure (P), and volume (V). The heat is transferred to the cylinder wall,
and the work is transferred by the piston. The main equations are described below.

The species conservation for the system is (CHEMKIN-PRO 2010),

qVð Þ dYk
dt

¼ _xkVð ÞWk ð8:4Þ

where Yk is the mass fraction, Wk is the molecular weight, q is the mass averaged
density, and _xk is the molar rate of production per unit volume. The energy
equation for the system shown in Fig. 8.13 is the following (CHEMKIN-PRO
2010),

dU
dt

¼ � _Qloss � P
dV
dt

ð8:5Þ

Elementary reactions involving Kg species can be represented in the general
form,

XKg

k¼1

m0kixk,
XKg

k¼1

m00kixk ði ¼ 1; . . .; IÞ ð8:6Þ

where n0ki and n00ki v indicates forward and reverse stoichiometric coefficients for the
ith reaction, and xk is the chemical symbol of the kth species. Then, the expression
for the production rate _xk can be obtained,

_xk ¼
XI
i¼1

m00ki � m0ki
� �

kfi
YKg

k¼1

Xk½ �m0ki�kri
YKg

k¼1

Xk½ �m00ki
 !" #

ðk ¼ 1; . . .;KÞ ð8:7Þ

where kfi and kri are the forward and reverse rate constants of the ith reactions, and
[Xk] is the molar concentration of the kth species. The forward rate constants for the
reactions are generally the inputs of the model.

Arrhenius temperature dependence:

kfi ¼ AiT
bi exp � Ei

RcT

� �
ð8:8Þ

Instantaneous spatially averaged heat transfer to the cylinder wall is calculated
using a version of the Woschni correlation (Heywood 1988). This version has been
adjusted for HCCI combustion (CHEMKIN-PRO 2010), as shown below,

Nuh ¼ a � Reb � Prc ¼ 0:035Re0:8 ð8:9Þ
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where a = 0.035, b = 0.8, c = 0.

Re ¼ qwB
l

ð8:10Þ

where the local average gas velocity w is correlated as follows,

w ¼ C11 þC12
mswirl
�mp

� �
�mp þC2

VdTr
prVr

p� pmð Þ
� 	

ð8:11Þ

where Vd is the displaced volume; p is the instantaneous cylinder pressure; pr, Vr, Tr
are the pressure, volume, and temperature at the reference state; pm is the motored
cylinder pressure at the same crank angle as p. In this study, C11 = 2.28,
C12 = 0.308, C2 = 0.54, and vswirl = 0 are used. More detailed description of this
heat transfer correlation can be found in (Heywood 1988).

8.3.2 Multi-zone Model

Multi-zone models typically require non-reacting (cold flow) fluid mechanics
simulation to provide the initial temperature and concentration distributions in the
cylinder. With these initial distributions, an appropriate number of zones can be
determined and those zones can be established and initialized with different tem-
peratures and concentrations. Figure 8.14 shows an example of the setup procedure
where the continuous temperature distribution from the CFD simulation is con-
verted to the zonal conditions in the multi-zone model. After the zonal initial

Fig. 8.14 Illustration of the multi-zone model setup procedure, temperature distribution from
CFD (left) and zonal conditions in multi-zone model (right) (CHEMKIN-PRO 2010)
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conditions are set up, the detailed chemical kinetics can be applied and solved in all
zones fully coupled.

The assumptions (CHEMKIN-PRO 2010) pertaining to this model formulation
are as follows. First of all, all zones are assumed to have the same, uniform
pressure. Second, the mass or heat transfer between zones is assumed to be neg-
ligible and the only interaction between the zones is the compression work. Third,
the total volume of the zones must equal the cylinder volume computed by the
slider-crank relationship used in the single-zone internal combustion engine model.
This constraint is used to determine the zonal and cylinder pressure
(CHEMKIN-PRO 2010).

The governing equations for the multi-zone model are similar to those for the
single-zone model, except for the additional superscript “i” which represent the
zone number, as shown in Eq. 8.12 (conservation of species) and Eq. 8.13 (energy
equation) (CHEMKIN-PRO 2010).

qiV i
� � dYi

k

dt
¼ _xi

kV
i

� �
Wi

k for i ¼ 1; 2; . . .;N zones ð8:12Þ

qiV i
� �

c�i
p
dTi

dt
¼ �Vi

XKg

k¼1

hik _x
i
k

� �
Wi

k þVi dP
dt

� _Qi
loss for i ¼ 1; 2; . . .;N zones

ð8:13Þ

The single-zone and multi-zone models have been validated against the exper-
imental work done by Jun et al. (2003). The operating conditions at which the
prediction and measurements were compared are summarized in Table 8.3. The
temperatures at intake valve closure (IVC) are used to calibrate the start of com-
bustion for both the single-zone and multi-zone simulations. Figures 8.15 and 8.16

Table 8.3 Initial conditions for the 0D simulation and the experiments from (Jun et al. 2003)

Parameters Single- and multi-zone models Experiment by Jun et al.
(2003)

Engine speed (RPM) 800 800

IVC timing −132 ATDC −132 ATDC

Intake manifold
temperature (K)

N/A 380

Intake manifold pressure
(K)

N/A 1.6

Temperature at IVC (K) 417 N/A

Pressure at IVC (bar) 1.6 N/A

Wall temperature (K) 450 N/A

Equivalence ratio 0.2–0.45 0.2–0.45

Natural gas composition
(mole fraction)

CH4—88%, C2H6—6%,
C3H8—4%, C4H10—2%

CH4—88%, C2H6—6%,
C3H8—4%, C4H10—2%
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show the measured and predicted pressure traces as a function of crank angle at
various equivalence ratios. The results for multi-zone analysis have generally better
agreement with the measurements than single-zone simulations and are provided in
reference (Zheng 2012).

Fig. 8.15 In-cylinder pressure as a function of crank angle (Zheng and Caton 2012)

Fig. 8.16 In-cylinder pressure predicted as a function of crank angle (Zheng and Caton 2012)
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8.3.3 Engine Efficiencies for Using Natural Gas
in Comparison with Gasoline

This section continues to compare natural gas with gasoline in terms of the indi-
cated efficiency and volumetric efficiency at the best efficiency point under various
operating conditions. Some of the fuel properties are shown in Table 8.4.

For all of the equivalence ratios presented here, about 3% difference in indicated
efficiencies is observed between the two fuels. The efficiencies for the natural gas
cases are lower largely due to the higher heat loss and lower specific heat ratio.
Higher heat transfer is a direct result of higher combustion temperature. Lower
specific heat ratio is caused by the higher mole fraction of the fuel species since
natural gas has much lower molar stoichiometric air–fuel ratio than gasoline.
A reduction of specific heat ratio reduces the amount of energy that can be extracted
by the piston. At very low equivalence ratio, the chemical kinetics and combustion
become slower and less complete which affects the thermal efficiency.

As the equivalence ratio increases, though combustion efficiency is improved,
the heat loss as well as the fraction of heat loss out of total fuel energy is greater as a
result of a higher combustion temperature. In addition, higher equivalence ratio
leads to lower specific heat ratio which reduces the thermal efficiency. So the
indicated efficiency reaches a peak around / equal to 0.3. In terms of the volumetric
efficiency, it is straightforward that the gasoline cases are higher and the differences
are larger at higher equivalence ratios, since volumetric efficiency is strongly
affected by the intake temperature. This observation poses another issue for using
natural gas in HCCI engines which is the relatively lower torque output at the same
equivalence ratio due to the low volumetric efficiency (Zheng 2012).

The indicated thermal efficiency for both natural gas and gasoline increases as
the engine speed increases. This increase is again related to the amount of heat
transfer. Although the temperature at the IVC is higher at higher speeds, less time is
allowed for transferring heat from the gas to the walls as the real time of one cycle
becomes shorter as engine speed increases. The overall effect is to reduce the
fraction of heat loss out of total fuel energy and to improve the thermal efficiency.
The volumetric efficiency, however, decreases with the increase of engine speeds.
Again, this is directly dictated by the higher IVC temperature at higher speeds. So
running HCCI engines, either with gasoline or natural gas, at higher speeds could
improve thermal efficiency but at the penalty of torque output (Zheng 2012).

Table 8.4 Fuel properties of natural gas and gasoline

Fuel
surrogate

Lower
heating
value (kJ/
kmol)

Lower
heating
value (kJ/
kg)

Stoichiometric
A/F ratio,
molar

Stoichiometric
A/F ratio, mass

Adiabatic
flame
temperature
(K)

Natural
gas

9.35 � 105 49,626 10.98 16.79 2596

Gasoline 4.71 � 106 43,927 54.95 14.78 2636
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The indicated thermal efficiency approximately remains nearly constant as the
EGR level changes for both natural gas and gasoline cases. This might be attributed
to the balance between lowered combustion temperature due to the EGR dilution
effect and increased IVC temperature. Volumetric efficiency slightly drops as the
EGR fraction increases and IVC temperature at best efficiency increases.

Having higher intake pressure slightly increases the indicated efficiency as a
result of lower IVC temperature and corresponding lower heat loss. Furthermore,
increasing intake pressure greatly improves the volumetric efficiency due to the
increase in the mass of air–fuel mixture. These results imply that intake boosting is
an attractive option to have for HCCI engines fueled with natural gas or other high
octane fuels (Zheng 2012).

Using the single-zone model, Zheng (2012) conducted the analysis on the effect
of operating conditions on the ignition characteristics, engine performance, and
thermal efficiency of the HCCI engine. He found that the operating conditions,
including equivalence ratio, engine speed, and intake pressure, have great influ-
ences on the HCCI ignition characteristics. The minimum required temperature at
IVC for auto-ignition and complete combustion decreases as the equivalence ratio
increases and the intake pressure increases, and increases as the engine speed
increases. In addition to the operating conditions, compression ratio has an even
greater effect on the minimum required temperature at IVC. For the natural gas
case, the increase in compression ratio from 18 to 22 could reduce the requirement
of the minimum required temperature at IVC by 40 K. The results imply that to
reduce the intake temperature requirement for using natural gas, higher compression
ratio, intake boosting, and relative lower engine speed are desirable.

The operating conditions have a great effect on the HCCI engine performance
and efficiencies. The volumetric efficiency increases with the increase of equiva-
lence ratio or intake pressure or the decrease of engine speed or exhaust gas
recirculation level. The indicated thermal efficiency peaks at a certain equivalence
ratio, and a higher or lower equivalence ratio than this value will decrease the
indicated efficiency. The increase in engine speed improves the indicated efficiency,
while the change in intake pressure and EGR level does not have a strong influence
on the efficiency. In terms of the volumetric efficiency, intake boosting is a very
desirable option to increase the specific power output, and operating at high engine
speed is not attractive as it deteriorates the volumetric efficiency. In terms of the
indicated efficiency, operating with a relatively lean mixture is still a desirable
option for natural gas HCCI engines.
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8.4 Combustion of Natural Gas in Reactivity Controlled
Compression Ignition (RCCI) Engines

Reactivity controlled compression ignition (RCCI) concept can significantly
improve the combustion process in terms of efficiency and exhaust gas emissions
(Reitz and Duraisamy 2015). Recent interest has been raised to investigate RCCI
combustion concept with NG/diesel fuels at different engine operating conditions
(Ansari et al. 2016; Nieman et al. 2012; Zoldak et al. 2014, 2015; Doosje et al.
2014; Xu et al. 2016).

8.4.1 Effect of Energy-Based Premixed Ratio

Figure 8.17 shows the effect of premixed ratio (PR) on heat release rate (HRR) and
in-cylinder pressure. The NG premixed ratios were composed to provide the same
amount of the total energy for combustion. The graph shows that sweeping the PR
from 55 to 95% increases the ignition delay and reduces the in-cylinder pressure
and HRR (Poorghasemi et al. 2017).

Figure 8.18 shows that when the pressure ratio increases, the in-cylinder tem-
perature decreases. This can result in the increase of HC emissions. It can also be
explained by the fact that the crevice regions near the walls are usually colder in
higher-pressure ratios. This will lower the combustion efficiency and increase the
UHC emissions.

Fig. 8.17 Effects of PR of in-cylinder mixture on in-cylinder pressure (left) and HRR (right)
(Poorghasemi et al. 2017)
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8.4.2 Effect of Injection Timing

The first injection timing
The effect of the first injection timing (SOI1) was once completed by changing
SOI1 from 85° to 45° BTDC while maintaining SOI2 timing consistent at
20° BTDC. Seventy percentage of the total diesel fuel was injected at the first pulse
and 30% at the second pulse. Advancing SOI1 timing from 85° to 45° BTDC
results in delayed combustion and reduced peak in-cylinder pressure and HRR, as
shown in Fig. 8.19. This happened due to the increase of the mixing time and better
homogeneity of NG and diesel fuel, and as a result, less reactive mixture was
prepared (Curran et al. 2012; Ma et al. 2013).

As the SOI1 timing is retarded, NOx emission increases and HC and CO
emissions decrease. NOx increases due to the increase of the in-cylinder tempera-
ture. As shown in Fig. 8.20, the spray is impinged on the wall and enters the crevice
cavity where due to the established lower temperature and lower volume to surface
ratio zones HC and CO emissions increase. In later SOI1 at 45° BTDC, a greater

Fig. 8.18 Effects of PR on in-cylinder temperature (Poorghasemi et al. 2017)
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amount of fuel is injected into the areas of piston bowl and squish areas with higher
temperature and reactivity gradients, and consequently, lower levels of HC and CO
produced.

The second injection timing
The second fuel injection timing (SOI2) was changed from 40° to 0° BTDC, with
constant SOI1 timing at 55° BTDC, as shown in Fig. 8.21. The results showed that
retarding the SOI2 from 40° to 0° BTDC caused the retard of the combustion
phasing, which caused the peak of in-cylinder pressure to be decreased. The second
diesel injection pulse could not mix properly with in-cylinder mixture due to a very
short time period, and this has caused the ignition delay to be increased.

Figure 8.22 shows the effect of SOI2 sweep on in-cylinder temperature. The
simulation results showed that high local in-cylinder temperature region near TDC
occurred that has caused the NOx to be increased at earlier SOI2 timings. When
SOI2 was advanced, the lowest carbon monoxide and unburnt hydrocarbon emis-
sions were achieved. When the injection SOI2 was initiated at 40° BTDC, the flame
could reach the whole combustion chamber, while at SOI2 at 0° BTDC there are
more regions with lower temperatures, as shown in Fig. 8.22. This causes a lower
combustion efficiency and higher levels of unburnt hydrocarbons and carbon
monoxide emissions at later SOI2 timings (Paykani et al. 2015).

8.5 Advanced Ignition Systems for Natural Gas
Combustion

Due to high octane number, natural gas engines can be operated at relatively higher
compression ratios and leaner fuel–air mixtures, thus leading to higher thermal
efficiencies and lower emissions. However, this can lead to considerable reduction
in power density. This can be compensated by increasing the pressure of com-
bustible charge at the end of a compression stroke. To ignite a leaner air–fuel charge

Fig. 8.19 Effects of SOI1 timing on in-cylinder pressure (left) and HRR (right) for the engine
operating condition (Poorghasemi et al. 2017)
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at higher pressures requires using much higher voltage ignition systems. These high
voltages significantly reduce the lifetime of spark plugs (Wienrotter et al. 2006).
Such ignition systems are a laser-assisted ignition and a plasma-assisted ignition,
which are discussed below.

Fig. 8.21 In-cylinder pressure (left) and HRR (right) versus SOI2 timing (Poorghasemi et al.
2017)

Fig. 8.22 Effects of SOI2 on in-cylinder temperature (Poorghasemi et al. 2017)
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8.5.1 Laser-Assisted Ignition Control

Laser can be used as an alternative ignition source for engines. Laser pulses
delivered with the aid of a laser system are targeted inside the combustion chamber
with fuel–air mixture. The experimental laser ignition system was designed and
constructed by Srivastava et al. (2011) and is shown in Fig. 8.23.

The obtained high-speed camera images that display the development of the
early flame kernel stages with time had been recorded using shadowgraphy tech-
nique. The images were obtained at 54,000 fps. The snapshots were captured at an
interval of 18.5 ms for a combustion event. From these images, we can get an idea
on how the flame kernel is developed with time for selected NG–air ratios (k = 1.2
and k = 1.6). Figure 8.24 shows the sequential snapshots of flame kernel devel-
opment at unique timescales for k = 1.2. Timescales of the first four snapshots were
kept constant; however, the timescales for the final four snapshots were different
due to the fact of longer combustion duration for the leaner mixtures. The vertical
and horizontal dimensions of all images have been kept constant at 1.15 and 1.45
cm, respectively.

Srivastava et al. (2011) found that the flame kernel propagation distance was
consistently decreasing with leaner mixtures k = 1.6, as shown in Fig. 8.25. These
findings suggest that the volumetric growth of the flame kernel reduces substan-
tially with the reduction of NG–air mixture strength and a practical laser ignition
system applied to the engine will not be able to deal with NG–air mixtures leaner
than k = 1.6.

Fig. 8.23 Schematic diagram of laser ignition shadowgraphy of NG–air mixture (Srivastava et al.
2011)
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To observe the laser ignition process under the reciprocating engine conditions,
Dumitrache et al. (2017) used rapid compression machine (RCM) shown in
Fig. 8.26. Details of this setup are given in the reference (Dumitrache et al. 2017).

The approach validated in this study used to be for a laser-ignited mixture of
CH4–air at an equivalence ratio of = 0.5 (Dumitrache et al. 2017), as shown in
Fig. 8.27. The lean condition used to be chosen to restrain the flame propagation
speed, hence allowing capturing numerous frames of the flame propagation, given
the limitations of the imaging system. In these experiments, only 30% of the
mixture has been consumed by the propagating flame and the chemical heat release
overcomes the heat losses to the wall that causes the flame to become turbulent with
cellular structure as shown in Fig. 8.27.

Fig. 8.25 Shadowgraph image of flame kernel development (k = 1.6) (Srivastava et al. 2011)

Fig. 8.24 Shadowgraph image of flame kernel development (k = 1.2) (Srivastava et al. 2011)
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8.5.2 Plasma-Assisted Ignition and Combustion Control

In latest years, the plasma-assisted combustion mechanisms have been validated
through experimentation under controlled conditions and by the way of evaluating
the effects with numerical simulations of discharge and combustion processes.
Researchers became curious about non-equilibrium plasma for ignition and com-
bustion control (Starikovskii 2005, 2006) thanks to the new potentialities for
ignition and flame stabilization that are supplied by the plasma-assisted approach.
The most important distinction between the traditional combustion and
plasma-assisted combustion is the ignition initiation mechanism.

Kosarev et al. (2008) and Aleksandrov et al. (2009) have observed a correlation
between the ignition delay time and the temperature for the CH4/O2/Ar mixture.
The fuel discharge causes a drastic reduction in the ignition delay time and allows
the mixture to ignite at notably lower temperatures. Figure 8.28 shows the ignition
delay time in a CH4/O2/Ar = 3.3:6.7:90 mixture as a function of temperature for

Fig. 8.26 Schematic drawing depicting the main components of the RCM (Dumitrache et al.
2017)

Fig. 8.27 Schlieren high-speed photography images of a laser-ignited CH4–air mixture (/ = 0.5)
inside the RCM. The images show the flame development and spread. The pressure trace shown at
the right is used to correlate the frames with the actual RCM firing. The field of view is 20 mm
(Dumitrache et al. 2017)
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auto-ignition and (I–II) ignition with the plasma discharge. The diagram indicates
the comparison of the measured ignition delay time with and without plasma at the
equal initial gas densities. As viewed in Fig. 8.28, these times may vary by two or
three orders of magnitude.

Michael et al. (2010) showed that the ignition in CH4–air mixtures can be
performed using low energy seed laser pulses and an overlapping subcritical
microwave pulse. Very susceptible ionization by a laser localized the deposition of
microwave energy and caused fast heating, high temperatures, and ignition. The
same research team (Michael et al. 2010) also developed a coupled one-dimensional
gas-dynamic/plasma-dynamic model to follow the rapidly evolving plasma and gas
properties carried out through this interaction. By growing the pulse power by a
factor of 3, the ignition used to be discovered alongside the seed laser path. In this
case, a much larger area of strong coupling with the microwave (MW) energy was
discovered in the shadowgraph snapshots as shown in Fig. 8.29 (Michael et al.
2010). For a large number of combustion-driven engines, transient plasma ignition
involving quick ignition pulses (typically 10–50 ns) has been shown to efficiently
minimize ignition delays and enhance engine performance compared to the con-
ventional spark ignition.

Fig. 8.28 Ignition delay time
in a CH4/O2/Ar = 3.3:6.7:90
mixture as a function of
temperature for auto-ignition
and ignition (I–II) with the
plasma discharge. The closed
and open symbols correspond
to measurements and
calculations, respectively, and
the solid curves correspond to
experimental data. The
dashed lines I′ and II′ and the
semi-closed symbols
correspond to the calculations
of the auto-ignition delay
times as those in regions I and
II (Kosarev et al. 2008;
Aleksandrov et al. 2009)
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8.6 Conclusion

The chapter summarizes the advanced combustion and ignition technologies with
natural gas as a fuel for application in internal combustion engines. Natural gas is
considered the direct alternative to replace the crude oil-derived liquid fuels for
better energy efficiency and cleaner environment. It was demonstrated by several
researchers that the novel combustion technologies such as PREMIER, HCCI, and
RCCI can provide better fuel efficiency and emission reduction. However, these
technologies should be further developed to become applicable and feasible to a
wider range of engine design and operating conditions with natural gas.

These technologies will become even more useful during the transport electri-
fication era. With the requirements to introduce more electric vehicles in trans-
portation network, more challenges will appear to meet required power and mileage
levels, especially for commercial heavy-duty vehicles and trucks. The analysis
shows that in the near future it will not be possible to convert the entire heavy-duty
vehicles fleet to run on electric batteries only, and therefore, the hybrid powertrain
systems will have to be used to ensure the cost-effective and reliable operation. In
this situation, hybrid powertrain systems with natural gas as a fuel for internal
combustion engines will become a feasible solution.

Along with the novel combustion technologies for effective burning of fuel
inside the engine cylinders, more advanced ignition initiation technologies are also
being developed and applied to conventional and future internal combustion
engines. Such technologies are laser-assisted and plasma-assisted ignition systems.
Lasers are becoming feasible candidates as alternative ignition systems in inter-
nal combustion engines. This technology can be applied to initiate the combustion
of high octane number natural gas mixtures. Plasma formation does not always

Fig. 8.29 Laser pulse–MW evolution in air. a Laser spot evolution. b Laser + MW evolution
(Michael et al. 2010)
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imply that ignition has to take place. Only if the energy content of the plasma is
excessive enough, then the mixture of NG–air is ignited by a flame kernel, which
may also extend or extinguish. This plasma source can be applied as a stand-alone
or additional source to initiate the combustion in internal combustion engines.

Natural gas can play an important role as an actual game changer in energy and
transport sectors for energy security. For the consumer’s perspectives to make a
swap from current liquid fuels to compressed natural gas will be more compelling
than for other alternatives such as ethanol or electricity.
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Chapter 9
Advances of the Natural Gas/Diesel
RCCI Concept Application
for Light-Duty Engines: Comprehensive
Analysis of the Influence of the Design
and Calibration Parameters
on Performance and Emissions

Giacomo Belgiorno, Gabriele Di Blasio and Carlo Beatrice

Abstract The increasing energy demand together with the severe emission legis-
lation of the transportation sector requires effective solutions for automotive
propulsion systems. The transportation sector is responsible for 23% of the total
CO2 in the European Union. Advanced combustion concepts combined with
alternative fuels, if properly tuned, have the potential to increase the efficiencies and
lower emissions, compared to the conventional diesel or spark-ignition combustion.
This is particularly valid when natural gas (a low reactivity fuel with low
auto-ignition characteristics) and fossil diesel (the high reactivity one with high
auto-ignition characteristics) are fuelled together in a compression ignition engine
approaching the reactivity controlled compression ignition (RCCI) combustion.
However, the use of these fuels in an advanced compression ignition engine
increases the degrees of freedom for the tuning of the whole system. In order to
carry out robust calibrations for efficiency maximization and pollutant minimiza-
tion, in the whole engine-operating area, a detailed sensitivity analysis to the
functional parameters versus fuel consumption and pollutant emissions is a para-
mount. Based on the experiences carried out at the laboratory of Istituto Motori of
CNR, the chapter analyses the correlation between the main design and operating
parameters versus the engine performance, providing a scale of degree of influence
of the selected parameters as useful information for the engine calibration
engineers.
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Keywords Dual fuel � Natural gas � Engine performance optimization

9.1 Combustion Concepts in Compression Ignition
Engines

9.1.1 Conventional Diesel Combustion

Due to its higher thermal conversion efficiency compared to spark-ignition
(SI) engines, the compression ignition (CI) engine commonly called diesel engine
(from its inventor Rudolf Diesel) is the most diffused engines for medium and
heavy-duty applications like commercial vehicles, rail and marine applications. The
diesel fuel is injected directly into the cylinder at the end of the compression stroke
and then ignited due to the high temperature and pressure reached by the air–fuel
mixture near to the top dead centre (TDC). High fuel injection pressure is used to
have a desired fuel spray penetration into the combustion chamber with high
velocity and good atomization levels. Figure 9.1 shows the typical heat release rate
(HRR) trace from the conventional diesel combustion (CDC); the first phase is
characterized by the short period called ignition delay (ID) that represents the
period between the start of combustion (SoC) and the start of injection (SoI); after
the ID period, a spontaneous auto-ignition process starts due to the high tempera-
ture and pressure of air–fuel mixture, and this phase is called premixed combustion
characterized by the high heat-release gradient. After the premixed combustion and
during the injection process, the HRR is controlled by the rate at which mixture
becomes available for burning (mixing-controlled combustion phase). Finally, the
heat release continues at a lower rate well into the expansion stroke (late com-
bustion phase) (Heywood 1988).

Fig. 9.1 Typical heat release rate identifying different conventional diesel combustion phases
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The CDC is characterized by several advantages compared to the SI engine.
Higher combustion efficiency, with a higher brake thermal efficiency due to the
higher compression ratio, adopted generally around 15:1–18:1 instead of 9:1–10:1
for SI engines. No risk of pre-ignition or knock phenomena is observed due to the
different diesel fuel characteristics compared to the gasoline.

One of the disadvantages of the compression ignition (CI) engines is the com-
plex fuel injection system that has a high impact on the complexity of the control
strategy and on the cost of engines. While regarding the engine-out emissions, the
CI engines have a significant problem regarding the NOx and soot emissions
trade-off (Dec 1997). This is explained by the local fuel-rich zones and high local
combustion temperatures that give rise to soot and NOx, respectively. Fuel prop-
erties are also important for the likelihood of soot production. However, Kufferath
et al. present an interesting result obtained in a diesel engine for passenger cars in
real driving condition, they have demonstrated that combining high level of EGR,
thermal management strategy and aftertreatment systems (SCR and DPF) permits to
reduce drastically the nitrogen oxide emissions under real driving conditions
without penalizing the CO2 emissions as well (Kufferath et al. 2018).

9.1.2 Dual Fuel Reactivity Controlled Compression Ignition
(RCCI)

Commonly, the dual fuel concept adopted the high reactive direct-injected diesel,
while different low reactive fuels are used for the port injection (i.e., natural gas,
ethanol and gasoline) (Di Blasio et al. 2013, 2015; Benajes et al. 2015). A dual fuel
RCCI combustion process involves two different fuels with different reactivity
(auto-ignition resistance). The low reactive fuel is injected via port fuel injector
fitted in the intake manifold and the fuel is premixed with air during the intake
stroke, while the high reactive fuel is direct injected adopting the common diesel
fuel injection system.

The application of the dual fuel combustion concept consists of three main
phases. A homogeneous charge of air and low reactive fuel is compressed while
near the TDC a high reactive fuel is direct injected and mixed with the air–gas
mixture during the ignition delay. After the ignition delay, the high reactive fuel is
ignited by the high pressure and temperature from the compression, which in turn
ignites the main fuel (low reactive fuel). Finally, the ensuing combustion occurs
mainly through the flame propagation of the high auto-ignition fuel–air mixture
(Königsson 2014; Karim 2015). Figure 9.2 shows an example of the in-cylinder
pressure and HRR traces of the conventional diesel and dual fuel combustions. Both
cases suppose the double direct diesel injection strategy. A substitution ratio
(Sr) equal to 50% for the DF combustion, defined as (see Eq. 9.1) the ratio between
the methane fuel mass and the total fuel mass (diesel plus methane), is adopted.
The DF case shows a higher low-temperature heat release compared to the CDC.
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This is due to the involvement of the premixed methane during the pilot diesel
combustion. As a consequence, the max peak of the premixed combustion phase
lowers and the combustion speed increases leading to advantages in terms of NOx

and soot formation.
In recent years, alternative combustion concepts for dual fuel engines have been

investigated. More attention to the diesel-ignited gas engine since the engine is well
suited for reactivity controlled compression ignition (RCCI) combustion (Kokjohn
et al. 2011). In this concept, the high reactive fuel is injected early during the
compression stroke compared to the conventional dual fuel, to promote mixing
within the low reactive fuel and control the combustion characteristics via the
reactivity of the mixture (Valladolid et al. 2017). In contrast to the conventional
dual fuel, the diesel is injected early in the compression phase with either multiple
injections or one single injection. RCCI has proven to be effective in achieving high
fuel efficiency and low pollutant emissions (Splitter et al. 2011). Function of the
fuel reactivity, Curran et al. (2014) defined the RCCI like a combustion process
between the partially premixed combustion (PPC) (Belgiorno et al. 2018a) and
direct injection compression ignition (DICI) combustion. RCCI uses two fuels with
varying proportions while the PPC runs efficiently on any fuel by adjusting fuel
injection and other engine parameters.

One of the advantages of the dual fuel combustion engines is the application of
the concept in conventional diesel engines thus without substantial hardware
modification. Moreover, adopting methane as alternative fuel permits a significant
CO2 emission reduction (Besch et al. 2015) with a maximum theoretical reduction
of 25%, related to the chemical characteristics, supposing the same engine effi-
ciency. However, it has to be considered that one of the main problems of the DF
combustion is the CH4 slip, especially at low load condition. It has to be taken into
account that the methane greenhouse gas potential (GHP) is about 25% more than
that of CO2. For this reason, a dedicated development of combustion calibration and
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aftertreatment systems is necessary to reduce the CO2 equivalent emission to
promote the development of DF combustion engines.

Thus, the dual fuel combustion concept would permit the combination of the
benefits of the high diesel engine thermodynamic efficiency with the use of alter-
native fuels (lower CO2). Compared to the conventional combustion, the DF
exhibits same stable combustion (e.g., in terms of the cycle-to-cycle variation), and
combustion noise and phasing controls thank to the flexibility of the diesel fuel
injection strategies (Di Blasio et al. 2017).

As widely reported in literature, the main DF disadvantages are related to the
lower combustion efficiency (typically in the range of 85–95%) due to the low
reactive premixed fuel trapped in the crevice volumes and not involved by the flame
front (Di Blasio et al. 2013, 2015). Additional issues derive from the non-optimized
combustion chamber for DF RCCI operation as in this case study. While the DF
technology is almost consolidated for the heavy-duty and marine engines (e.g.,
Volvo and Wartsila engines), possible engine technological and control advances
still represent a challenge for the improvement of the DF concept for light-duty
engines application.

9.2 Analysis of the Main Design and Calibration
Parameters of Methane–Diesel Dual Fuel Combustion

In this chapter, some suggestions about the combustion chamber design and cali-
bration parameters that most affect the combustion characteristics, emissions and
efficiencies at low load conditions are reported. The dual fuel research activity was
performed at Istituto Motori of the National Research Council of Italy. A single
cylinder engine setup, equipped with a Euro 5 light duty combustion architecture,
was utilized for the experimental campaign.

To make the results representative of the reference multi-cylinder engine (MCE),
the boundary conditions or the control variables of the auxiliary systems (boost,
EGR, oil cooling, water cooling, fuel cooling) are set as those of the reference
MCE. The main engine geometrical characteristics are reported below in Table 9.1.

Table 9.1 Single cylinder
engine geometrical
characteristics

Displaced volume 477.5 cc

Stroke 90 mm

Bore 82 mm

Compression ratio 16.5, 15.5, 14.5

Number of valves 4

Diesel injection system Common rail

Diesel injector Solenoid 7 holes microsac

PFI injector Multihole
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The indicated pressures are measured by means of a Kistler 6125B flush
mounted piezo-quartz transducer, fitted inside the head glow plug hole and acquired
with a resolution of 0.1 CAD. The average pressure signal, for the calculation of the
indicated mean effective pressure (IMEP) and the apparent heat release (HR) and
HRR, is averaged over 128 consecutive cycles. The heat release analysis is based
on the first law of thermodynamics as reported by Heywood (1988). The engine-out
gaseous emissions in terms of THC, MHC, NOx, CO, CO2 and O2 are measured
using an integrated emissions test bench. Two dedicated flame ionization detectors
(FIDs) have been used to measure the total unburned hydrocarbons (THC) and
methane unburned hydrocarbons (MHC) engine-out emissions.

The commercial EN590 compliant diesel fuel and pure methane (CH4) were
used as direct and port-injected fuel, respectively. The fuel characteristics are listed
in Table 9.2. Since natural gas is constituted by a mix of hydrocarbons, the com-
position and consequently its specifics are variable and dependent on the source of
supply. For this reason, CH4 was used because of its fixed physical–chemical
characteristics.

Common dual fuel combustion adopts a single diesel injection strategy; how-
ever, a double diesel injection strategy has demonstrated a reduction of the heat
transfer loss (before the TDC) and then an improvement in terms of gross-indicated
efficiency (up to 1.5% units) with a reduction of the peak pressure rise rate
(PRRmax) (of about 60%), THC and NOx emissions levels (of about 10 and 30%,
respectively) compared to the single injection strategy (Di Blasio et al. 2017;
Belgiorno et al. 2018b). For these reasons, all the results reported in this chapter
refer to the adoption of the double diesel injection strategy for both CDC and DF
combustions.

The dual fuel combustion is characterized by the high amount of natural gas not
involved by the flame front that produces high emission level of MHC and then low
net-indicated efficiency compared to the CDC (Fig. 9.3), especially at low load
(below 7 bar of IMEP), due to not optimal combustion process (long combustion
duration, high combustion and heat transfer losses), similar trend was observed in
literature (Di Blasio et al. 2015; Belgiorno et al. 2018b).

As widely recognized, the main penalty of the dual fuel concept application is
the CH4 emissions slip, especially at low load conditions. For this reason, the
chapter mainly focuses on how the engine calibration and design parameters impact
on its reduction by preserving or improving the global engine efficiency. During the

Table 9.2 Fuel properties Feature Diesel fuel (EN590) Methane

Density (kg/m3) STP 840 0.788

LHV (MJ/kg) 42.95 49.5 ± 0.2

A/Fstoich (–) 14.7 17.2

H/C (–) *1.86 4
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parametric analysis of each of the considered variables, the combustion phasing
(CA50) was kept constant and at the reference calibration value for diesel com-
bustion, to have into a certain extent a fair comparison between CDC and Dual Fuel
combustion (Di Blasio et al. 2015). The effect of each of these parameters has been
investigated.

9.2.1 Substitution Ratio on MHC and Efficiency

In order to quantify and qualify the low reactive port-injected fuel, it is useful for
defining the substitution ratio (Sr) with methane (CH4) on a mass basis according to
the following equation:

Sr %½ � ¼ mCH4

mCH4 þmdiesel
� 100 ð9:1Þ

where mCH4 , mdiesel are the mass flow rates of CH4, diesel fuel, respectively.
In order to discriminate the single effect of the substitution ratio, the analysis was

performed without utilizing EGR and keeping constant the compression ratio
(CR=15.5), the combustion phase (MBF50), and the engine load (IMEP). The
effects on the MHC and on the gross-indicated efficiency trends, at the more critical
low load conditions, are reported. For a more comprehensive analysis of the reg-
ulated emissions and efficiencies, it is possibly referring to literature results
(Belgiorno et al. 2018b; Papagiannakis et al. 2010; Papagiannakis and Hountalas
2003).
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The CDC is characterized by very low unburned hydrocarbons emission level
compared to spark-ignition and dual fuel combustion. In the DF case, most of the
total unburned hydrocarbon (THC) is composed by the low reactive methane fuel
(MHC), about 90–95% of the THC (Di Blasio et al. 2015; Fraioli et al. 2017),
trapped in the squish and crevices volumes (Fraioli et al. 2017; Königsson et al.
2013; Di Blasio et al. 2017b). For this reason, it is fundamental to optimizing the
DF combustion by reducing the MHC emission level also because the CH4 emis-
sions contribute massively to the greenhouse gaseous emissions (GHG) and with a
factor of 25 in comparison with CO2.

Figure 9.4 reports the net-specific MHC emissions function of substitution ratio
for different test points. The MHCs drastically increase passing from the CDC to DF;
30% of Sr causes a THC-increase of 3 times. In particular, the MHC trend can be
divided into two steps. The first step shows a less than proportional increase when
varying the Sr from 0 to 30%; this can be justified by the prevalent diesel fuel able to
involve more premixed methane. The second step shows an almost linear variation
from 30 to 70% of Sr that is related to the gradual increase of the trapped methane in
the crevices at the expense of the diesel fuel decrease. At low load (below 4 bar of
IMEP), the maximum Sr adopted was 50% because of high level of MHC up to
5000 ppm was achieved and to minimize the CH4 slip, a limit of Sr was imposed.

Regarding the gross-indicated efficiency (Fig. 9.5), passing from the CDC to
DF, the thermodynamic efficiency decrease up to 15% units. This is explainable by
both, the lower combustion rate that increases the heat transfer (HT) loss, and the
lower combustion efficiency. For lower Sr values, the HT loss has a higher impact
than the combustion loss vice versa for higher Sr values.

9.2.2 Effect of the Compression Ratio on MHC
and Efficiency

The combustion chamber geometry is one of the most important design parameters
influencing the engine performance and emission. To investigate the effect of the
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CR (16.5, 15.5 and 14.5) on the DF combustion, three different piston bowl
geometries have been designed. The variation of the CR target was realized by
redesigning the bowl volume (Fig. 9.6). In particular, the bowl profile for each CR
was defined by means of a 3D CFD simulation using the KIVA-3V code. Starting
from the design of the production series piston shape (CR 16.5), the other bowl
shapes were generated according to the following guidelines:

• same air flow structure at the end of the compression stroke to assure the same
swirl and turbulence characteristics versus CR;

• same squish height and constant internal diameter to increase the k-factor and
keep the same squish flow inside the bowl during the compression stroke;

• same bowl lip profile to guarantee the same structural robustness at the rated
power.

The following analysis concentrates at low load engine operating conditions
(from 3.3 to 7 bar of IMEP) at 1500 and 2000 rpm. A constant Sr and equal to 50%
is adopted, employing a conventional double pulse diesel injection strategy
(pilot-main) to control the combustion noise and/or the peak pressure rise rate (Di
Blasio et al. 2015).

A high sensitivity of the MHC emission with the CR variation is detected
independently of the engine speed and load condition in DF mode. In fact, lowering
the CR, it is expected that the flame-quenching phenomenon would emphasise the
MHC increase. Thus, following a rational thinking, the MHC reduction for smaller
CRs is totally ascribable to the reduction of the premixed methane–air charge
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trapped into the crevices volumes. In this regard, the crevices volume is assumed to
be the annulus volume between the piston top and the first piston ring. Since the CR
variation is realised through the bowl enlargement (see test methodology section),
the top land crevice volume of the three CR was the same and the variation of the
bowl/crevice (b/c) up to 10% units less compared to the high compression ratio
value (Belgiorno et al. 2018b) (Fig. 9.7).

As the CR reduces, the maximum in-cylinder pressure drops with a significant
impact on the air-methane mixture concentration trapped into the crevice volumes.
Starting from the in-cylinder pressure traces and applying the ideal gas law at TDC,
reducing the CR, a methane mass reduction of about 5 and 13% at 15.5 and 14.5
compared to the CR 16.5 was calculated. Thus, for reduced CR both the increase of
the bowl volume combined with the lower-trapped methane mass in the dead
volumes contribute to the reduction of the MHC emissions formation.

In agreement to literature results carried out on SI-PFI engines, the observed
trends of MHC reducing the CR depend on three main factors (Belgiorno et al.
2018b; Russ et al. 1995):

• the b/c ratio increment produces a higher methane mass fraction trapped in the
piston bowl despite the crevice volume;

• a lower in-cylinder pressure during compression stroke reduces the methane–air
mixture packaging into the crevices;

• a higher gas temperature in the late expansion stroke promotes the methane
oxidation.

However, the CR has an opposite effect on the cycle conversion efficiency,
indeed, a reduction of about 3.0% units is detected on the gross-indicated efficiency,
passing from CR 16.5 to 14.5, related to the higher in-cylinder HT loss, lower
in-cylinder thermodynamic temperature and then higher combustion duration (Di
Blasio et al. 2017; Belgiorno et al. 2018b) (Fig. 9.8).
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9.2.3 Effect of Exhaust Gas Recirculation on MHC
and Efficiency

It is worth investigating the effect of one of the most employed NOx emission
technologies for CI and SI engines, that is, the exhaust gas recirculation (EGR). In
particular, the EGR dilutes the in-cylinder mixture reducing the maximum
in-cylinder temperatures and then the NOx formation. Additionally, for SI engines,
it can permit, to some extent, the control of the knocking phenomena permitting to
increase the specific rated power target. Thus, the EGR effect on efficiency and on
MHC emissions is evaluated in DF mode.

The results of the EGR variation effect on MHC and gross-indicated efficiency
are presented in Figs. 9.9 and 9.10. As previously explained, only the most critical
low speed and load operating conditions have been considered adopting a Sr of
50%. Moreover, to discriminate the EGR effect, also the combustion phasing was
kept constant, obviously, the SoIs are varied as a consequence.

Increasing the EGR rate, the MHC reduces (Fig. 9.9) and for values beyond
45%, the relative air–fuel ratio (k) reduces to 1.07 and near to the stoichiometric
value and the specific MHC emission (g/kWh) drops of about 55% compared to the

14 14.5 15 15.5 16 16.5 17

Compression Ratio [-]

20

24

28

32

36

40

gr
os

s i
nd

ic
at

ed
 e

ff
ic

ie
nc

y 
[%

]
1500 rpm - 3.3 bar IMEP
1500 rpm - 7.0 bar IMEP
2000 rpm - 4.0 bar IMEP
2000 rpm - 7.0 bar IMEP

Fig. 9.8 Gross-indicated efficiency function of the compression ratio (CR)

0 2 4 6 8 10 12

NOx [g/kWh]

2

3

4

5

6

7

8

M
H

C
 [g

/k
W

h] 1500 rpm - 3.3 bar IMEP
1500 rpm - 7.0 bar IMEP
2000 rpm - 4.0 bar IMEP
2000 rpm - 7.0 bar IMEP

EGR

Fig. 9.9 Methane unburned hydrocarbons sensitivity versus NOx emissions changing the EGR
levels

9 Advances of the Natural Gas/Diesel RCCI Concept Application … 261



no EGR case. The difference between the specific and raw MHC emission is a
consequence of the reduced exhaust mass flow rate in the presence of EGR and then
of lower in-cylinder pressure that reduces drastically the methane mass trapped into
the crevices volumes and a higher flame velocity that promotes the methane oxi-
dation (Belgiorno et al. 2018b).

The EGR is increased from 0 to 45% with an increase of the gross efficiency of
about 1.0% units. With a high level of EGR, the pilot-ignition delay increases, due
to the lower mixture reactivity (lower in-cylinder temperature and less oxygen).
This permitting to improve the efficiency by reducing the heat transfer losses during
the compression stroke. The higher premixed combustion permits to release more
heat closer to the TDC, improving the thermodynamic efficiency.

On this basis of the presented results, it can be drawn that the EGR represents
not only an important driver to reduce the NOx (one order of magnitude less) but
also the MHC (up to 55%) while improving the gross-indicated efficiency (up to
1.0% units) compared to the no-EGR strategy, without penalization in terms of soot
and combustion noise that are always below the value obtained for CDC.

9.2.4 Effect of Air-to-Fuel Ratio on MHC and Efficiency

Many definitions of the dual fuel combustion can be found in literature, and in
general, the DF combustion can be considered as a process in between the flame
propagation (SI engine) and diffusive combustion (CI engine) processes (Königsson
2014; Karim 2015; Di Blasio et al. 2017a). For this reason, the in-cylinder
air-to-fuel ratio represents a fundamental parameter in the control of the combustion
process and emission level. In a compression ignition engine, the air-to-fuel ratio
can be varied by means of the injection quantity and thus the load or by means of
reducing the intake air mass through the intake throttle valve at constant load. The
latter was adopted to investigate the effect of different air-to-fuel ratio impact,
keeping constant the Sr equal to 50% and the load, without EGR. The throttle
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position was varied from the fully opened condition to partialize reaching a lambda
value (k), the inverse of the equivalence ratio, of 1.05.

The analysis shows that near to stoichiometric values the specific MHC emis-
sions converge for each point towards very low level and about 35% less compared
to higher lambda values (Fig. 9.11). This is because of the fastening of the com-
bustion process that promotes the methane oxidation process, moreover, the valve
throttling lowers the in-cylinder peak pressure reducing the methane mass trapped
into the crevice volumes (same consideration reported in CR section).

Looking at the gross-indicated efficiency (Fig. 9.12), reducing the lambda, an
improvement of the thermodynamic process is obtained (up to 3%) compared to the
fully opened throttle valve, because of the lower combustion losses and lower heat
transfer losses (faster combustion). However, higher pumping losses were obtained
partializing the throttle valve that at the end penalize the net-indicated efficiency
compared to the fully opened throttle valve.

In general, the air-throttling has a beneficial effect on the MHC reduction but at
the expense of the emitted smoke and particles, especially when the k value is at the
limit of the diesel operation mode. Thus, since both the DF and the air-throttling act
on the k reduction, the last has to be opportunely calibrated as a function of the
substitution ratio and the load. In particular, lower loads that employ lower
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substitution ratio values require a higher air-throttling, in contrast to higher loads.
Concluding, for both speeds, 1500 and 2000 rpm at 7 bar of IMEP and k in the
range 1.3–1.4, the MHC reduces by about 15% without penalties on the net effi-
ciency (Di Blasio et al. 2017; Belgiorno et al. 2018b).

9.2.5 Summary

This chapter reports a parametric analysis of the substitution ratio, EGR, air-to-fuel
ratio and compression ratio of a dual fuel combustion in a light-duty engine, at low
load (till 7 bar of IMEP), since they are the most critical points for DF operation
and they contribute significantly on the emissions and fuel consumption over the
whole NEDC and/or WLTC emission homologation cycles for light-duty passenger
car vehicles. The conducted investigation permits to evaluate the contribution factor
of each analysed parameter the MHC and indicated specific fuel consumption
(ISFC). Both the CH4 slip and fuel consumption reduction are fundamental aspects
to be faced with to promote the development of future light-duty combustion
engines running in dual fuel concept. The contribution factor of each of the varied
parameters on the generic output called X (e.g., MHC or ISFC) is calculated as:

D %½ � ¼ Xhigh level � Xlow level

Xlow level
� 100 ð9:2Þ

where the numerator represents the output increment when increasing the factor
from a low to the high level (e.g., EGR from 0 to 45%). The denominator represents
the output value at the starting level.
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The contribution factors are reported in Fig. 9.13. The analysis shows a negative
impact of the substitution ratio both on MHC and ISFC, and this is mainly related to
the non-optimized combustion chamber design for dual fuel operation, especially
for what concerns the oxidation of methane in the peripheral and dead regions of
the combustion chamber. The specific MHC (g/kWh) increase, as a function of the
substitution ratio, is about 2 g/kWh/10%. Additionally, the increase of the substi-
tution ratio leads also to ISFC penalty that is about 10 g/kWh/10%.

The CR reduction to 14.5 reduces the globally indicated efficiency of about 10%
with respect to 16.5 notwithstanding the MHC reduction of about 30% due to the
combined effect of the bowl/crevice volume ratio increase and peak cylinder
pressure decrease. The average MHC reduction per unit of CR reduction is equal to
1.0 g/kWh. While the ISFC increases are about 12.0 g/kWh per unit of CR
reduction.

An interesting result can be drawn from Fig. 9.13 in terms of MHC reduction
adopting EGR and reducing the A/F without penalties in terms of ISFC. In fact,
reducing the A/F, the MHC reduces up to 40% at 1500x3.3 and 2000x7, and more
than 20% in the other points. The MHC reduction per units of EGR is about 0.75 g/
kWh/10% of EGR while passing from k = 1.6 to near stoichiometric conditions an
average reduction of about 5 g/kWh is detected for the load range explored.

Optimizing the combustion chamber and the fundamental DF engine operating
parameters (EGR, A/F, substitution ratio, etc.), it is possible to achieve very
interesting results adopting the dual fuel combustion instead of the CDC concept.
Additionally, a development of the combustion chamber and a dedicated
aftertreatment can help to improve the efficiency and the CH4 emissions slip tailpipe
to give a gain at this technology. An estimation of the outputs on the New European
Driving Cycle (NEDC) shows that adopting only diesel fuel for engine load below
3.3 bar of IMEP, with high level of EGR (from 40 to 45%) while, at medium-high
load, adopting a double injection strategy, maximum substitution ratio up to 70%
and EGR no more than 35%, it is possible to achieve a reduction of about 6% in
terms of CO2 compared to the CDC under NEDC with an average substation ratio
on cycle of about 41% (Belgiorno et al. 2018b).
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Chapter 10
Design and Calibration Strategies
for Improving HCCI Combustion
in Dual-Fuel Diesel–Methane Engines

A. P. Carlucci , A. Ficarella , D. Laforgia and L. Strafella

Abstract The interest in methane is lately increased due to power-to-gas tech-
nologies, through which green electricity in excess could be used to produce easily
storable gaseous fuels. Among engines for methane exploitation, dual-fuel piston
engine is a very efficient and low-impact solution. Their operation, still limited by
high hydrocarbons and carbon monoxide emissions at low loads and knock at high
loads, is characterized by many parameters. Besides the ones well recognized in the
literature, like pilot quantity and substitution rate, other parameters, like engine
volumetric compression ratio, intake charge conditions, pilot injection pressure and
timing, engine load and speed, and exhaust gas recirculation (EGR), showed an
impact on engine performance and emissions. This work first describes the results
of a full factorial DoE in which the effects of compression ratio, intake charge
pressure (ICP), pilot injection timing and pressure, and methane flow rate effect are
evaluated and discussed on combustion development, engine performance, and
pollutant emission levels at the exhaust. Through analysis of variance (ANOVA),
the first- and second-order effects were also quantified. Moreover, the factor vari-
ation ranges leading the engine to operate in or close to HCCI combustion, i.e.,
guaranteeing a high conversion efficiency and low emission levels at the same time,
were sought and highlighted. This suggested that not only very advanced but also
retarded injection timings, combined with high ICP, determine very low levels of
nitrogen oxides and maximum pressure rise rate, with little or no penalty on engine
efficiency and emission levels.
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10.1 Introduction

Among all alternative fuels, methane or natural gas (NG, whose main constituent is
methane) has been considered since a long time among the best solutions for fossil
fuel substitution because of their availability throughout the world, inherent clean
burning, favorability as fuels, and adaptability to piston (compression or spark
ignition) engines in addition to turbine engines (Muhammad et al. 2016; Pali et al.
2018). The interest in natural gas is lately increased due to power-to-gas tech-
nologies, through which green electricity in excess could be used to produce easily
storable gaseous fuels (McKennaa et al. 2018; He et al. 2018). Focusing the
attention on piston engines, it is worth mentioning that existing engines, both spark
and compression ignition, can be readily converted to operate primarily on methane
or NG, with the latter preferred to the former since characterized by a higher
compression ratio and therefore lower fuel consumption. In this case, however,
diesel (or a high reactivity fuel) must be used as a spark plug to achieve ignition,
given the lower reactivity of methane; this kind of engines is referred to as “dual
fuel” (DF). The substitution rates of the high reactivity fuel with a low reactivity
one can overcome 90% in the currently available dual-fuel engines, so significantly
reducing CO2 and particulate matter (PM) emission levels. However, besides the
advantages of dual-fuel combustion, some well-known drawbacks also arise, as the
knock tendency at high loads and excessive total hydrocarbons (THCs) and carbon
monoxide (CO) production at low loads.

Homogeneous charge compression ignition (HCCI) combustion can be a viable
solution to drastically reduce these problems (Hasan and Rahman 2016). In HCCI
operation—probably the first low-temperature combustion (LTC) mode introduced
—air and fuel are homogeneously mixed before being ignited through compression.
In this way, fuel-rich zones are avoided, local temperatures are reduced, and,
overall, emissions are drastically decreased. In dual-fuel diesel–methane engines, as
previously said, the ignition of a mixture of air and methane is obtained thanks to an
injection of diesel fuel. Implementing HCCI in dual-fuel diesel–methane engines,
therefore, requires to obtain a homogeneous mixture of air and methane as well as
homogeneous distribution of diesel fuel vapor inside the cylinder before the start of
ignition. While mixing homogeneously air and methane is a relatively easy task, the
same cannot be said about diesel fuel. Several attempts have been documented in
which the diesel fuel is fumigated along the intake duct. However, this solution,
while guaranteeing a proper homogenization of the diesel fuel with air before
ignition, presents as drawbacks the high PM emission levels due to poor fuel
atomization conditions (Song et al. 2018).

Therefore, it is usually preferred to increase the ignition delay of the mixture, so
giving more time to diesel fuel to evaporate and mix with the air. In this way,
however, a perfect homogeneity is generally not obtained. The so-called partially
premixed compression ignition (PPCI) or predominantly premixed charge com-
pression ignition (PPCCI) combustion is achieved with direct injection system,
where advanced multi-injection strategies lead to a certain degree of premixing of
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fuel and air, although not definable as HCCI. On the other hand, the so-called
reactivity-controlled compression ignition (RCCI) combustion, developed to con-
trol fuel reactivity to optimize combustion phasing, duration, and magnitude, is
usually implemented in dual-fuel engines performing a very advanced pilot injec-
tion. In the open literature, the effect of the different parameters, like pilot start of
injection (SOI), pilot injection pressure (p_rail), pilot injection splitting, substitution
rate, engine compression ratio (CR), intake charge pressure (ICP) and temperature
(ICT), exhaust gas recirculation (EGR), and pilot fuel chemical composition, was
evaluated with the goal of increasing the mixture ignition delay in dual-fuel
conditions.

In Guerry et al. (2016), the authors varied SOI on a wide range of values, testing
a single-cylinder compression ignition engine, observing that, when SOI was
advanced, the ignition delay (ID) and the separation between the end of injection
and start of combustion both increased; the heat release rate (HRR) curve changed
from a distinct two-stage profile to a smooth single-stage profile. Correspondingly,
the fuel conversion efficiency gf increased together with cycle-to-cycle variability
and THC and CO emission levels, while NOx and smoke were reduced drastically.
Similar results on a six-cylinder engine were reported in Doosje (2014).

In Raihan et al. (2015), the authors extended the experimental campaign reported
in Guerry et al. (2016) and underlined that LTC can be established in a
diesel-ignited methane dual-fuel engine setting appropriate values of SOI, p_rail,
and ICP.

In Ibrahim et al. (2015), the authors, testing a single-cylinder compression
ignition engine operated in dual-fuel diesel–biogas mode, demonstrated that, acting
on SOI, ICT, and substitution rate, the engine could be effectively operated in
PPCCI at low/medium loads with beneficial reduction of nitric oxides (NOx) and
THC with respect to conventional DF combustion mode.

Srinivasan et al. (2006) studied early pilot injection strategy on a single-cylinder
diesel–methane engine and discussed the effect of pilot-injected quantity and ICT
on the onset of ignition and combustion.

A comprehensive work is illustrated in Napolitano et al. (2017), Di Blasio et al.
(2017a, b), where the authors, testing a single-cylinder representing the technology
of a modern light-duty engine operated in DF diesel–methane mode, found that CR
is an important engine design parameter, which has a relevant effect on methanic
THC emissions. Its effect, however, is more evident at low/medium load. A CR
value of 15.5 led to the best performance in terms of pollutant emissions and CO2

saving over the New European Driving Cycle (NEDC), a test cycle. Other tech-
nologies, like double-pulse injection strategy, air throttling, and EGR, were found
effective too in controlling pollutant emission levels while respecting engine
functional limits, like maximum pressure rise rate (MPRR), cycle-to-cycle vari-
ability, and peak firing pressure. However, the investigated parameters were varied
in a limited range of values, so that no alternative combustions like HCCI or PPCCI
were observed. A similar work, limited to SOI and p_rail varied on a range of
conventional values, led to similar results (Yang et al. 2015). In Dahodwala et al.
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(2014), the authors, exploiting an optimization routine in which strategies were
developed primarily involving diesel SOI and NG substitution rate, demonstrated
that it was possible to achieve an average of 49% substitution across the test point
map of six-cylinder engine with 15% reduction in NOx and 43% reduction in PM
emissions. At higher engine speeds, it appears that reduced time for CNG/air
mixing results in a varying cylinder-to-cylinder distribution of CNG and thus
deteriorated combustion stability. RCCI combustion could be achieved at low
loads, which enabled even higher NG substitution and lower emissions.
A maximum of 50% net indicated thermal efficiency was observed at 6 bar of brake
mean effective pressure (BMEP) load point along with 75% reduction in both NOx

and PM emissions. The potential benefits of RCCI combustion were limited due to
the un-optimized combustion chamber design and high compression ratio.

The effect of pilot injection pressure, p_rail, has been extensively studied, for
example, in Hariprasad (2013). A dual-fuel single-cylinder engine was found to run
smoothly with higher injector opening pressure and advanced SOI. The efficiency
of the dual-fuel engine is slightly less as compared to neat diesel operation at part
loads. The dual-fuel engine resulted in lower smoke and NOx emissions as com-
pared to neat diesel operation, but it emitted slightly higher CO and THC emissions.

Ryu (2013a, b) studied the NG dual-fuel combustion varying SOI in the range
11–23 crank angle degrees before top dead center (CAD BTDC) and p_rail from 30
to 150 MPa and concluded that: (1) The increase of pilot injection pressure results
in lower smoke, but higher NOx emission; (2) smoke is decreased, and NOx is
increased as the pilot injection timing is advanced; compared to diesel-only com-
bustion, however, smoke emissions are significantly reduced over the range of
operating conditions and NOx emissions are also decreased over the range with the
exception of the full load case.

In Xu et al. (2016a, b), a comprehensive study has been performed in which the
pilot fuel has been injected shifted in a pre and a pilot or main injections on a very
wide range of values, and the effect of p_rail and SOI on combustion and emission
of a six-cylinder dual-fuel engine has been assessed. Results indicate that early
pre-injection mode leads to lower cylinder pressure and HRR due to a decrease of
combustion intensity; thereby, lower NOx emission is obtained. In contrast, close
pre-injection timing leads to large strengthening in combustion which is not ben-
eficial for improving NOx emission performance. Increase of pre-injection quantity
ratio leads to the delayed start of combustion and slower burning rate, and thereby
lower NOx and higher THC emission. However, too high pre-injection quantity
ratio leads to unstable combustion. Increasing p_rail leads to rapid combustion and
therefore higher cylinder pressure and HRR. Consequently, in-cylinder combustion
temperature increases, NOx emission increases, and THC emission decreases.

In Ogawa et al. (2016), the authors demonstrated that, increasing the injection
pressure of diesel fuel, the combustion efficiency increases with a decrease of THC
and CO emissions, and the indicated thermal efficiency improves without an
increase in NOx emissions. Simultaneous reductions in the NOx, THC, and CO
emissions can be established with maintaining the equivalence ratio of NG with
intake gas throttling under the 250 MPa pilot injection condition. Two-stage split
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pilot injection of diesel fuel significantly reduces the maximum rate of pressure rise
and NOx emissions without deteriorations in both thermal efficiency and emissions.
In Garcia and Tunestal (2015), the injection strategy, in terms of a number of
injections and their timing, was varied in order to establish different combustion
modes (namely conventional dual fuel, PPCI, and RCCI) on a dual-fuel methane–
diesel engine. In Ansari et al. (2016), it was shown that low reactive mixture outside
of the bowl at single-injection strategy showed to be the main reason for the high
THC and CO at low loads. Dual-injection strategy provided a high reactive mixture
inside and outside of the bowl, resulting in low CO and THC emissions.

Paykani et al. (2015) developed a simulation study on the combustion and
emission performance of natural gas/diesel RCCI combustion varying SOI and pilot
injection quantity in the presence of split fuel injection strategy. The results
demonstrate that: (1) SOI timing of the first injection increases mixture stratification
as retarded toward top dead center (TDC), and, as a result, combustion phasing is
advanced and soot and NOx increased; (2) the effect of SOI of second injection is
similar to the first one, but only up to a certain point (−30 after TDC, ATDC); (3) as
the amount of diesel fuel injected in the second injection is increased, so is the
mixture stratification, with the results already illustrated on soot and NOx; (4) in-
creasing ICT, reaction rates increase, which increase NOx and advance combustion
phasing, while combustion efficiency is reduced because of lower volumetric effi-
ciency; (5) with the explored injection strategies, NOx and soot can be controlled,
while CO and THC deteriorate.

Results of a numerical investigation are also reported in Poorghasemi et al.
(2017), where the effect of diesel injection strategies, injection pressure, and spray
angle on an RCCI engine performance and emission characteristics was investi-
gated. Concerning injection strategies, results confirmed those reported in Paykani
et al. (2015). Moreover, it was demonstrated that higher p_rail increases the spray
penetration (causing wall impingement) as well as evaporation rate of diesel dro-
plets: In this way, stratification of diesel fuel increases and combustion phasing is
advanced. As a consequence, NOx, THC, and CO all increase. A narrower spray
angle determines higher values of THC and CO emissions near the cylinder wall
and crevice volumes, and NOx increases due to richer and locally higher reactive
zone with higher combustion temperature. These findings have been confirmed by
imaging techniques (Nithyanandan et al. 2017).

Several numerical works (Wang et al. 2016; Donateo et al. 2014) have proven
the possibility to decrease both CO and THC emissions properly designing com-
bustion chamber geometry, spray pattern, and SOI.

Finally, several benefits on DF PPCCI deriving from using biodiesel fuels were
highlighted in Gharehghani et al. (2015), Hosmath et al. (2016). In Hosmath et al.
(2016), the effect of CR, NG flow rate, and SOI has been analyzed on the per-
formance of a dual-fuel engine operated on Honge oil methyl ester (HOME) and
NG applying response surface methodology on the results of an experimental
campaign.

As evident from the review of the open literature, a significant research activity
has been performed on dual-fuel diesel–methane combustion, aiming at improving
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the engine performance and reducing its environmental impact but acting on one or
few controlling factors at a time. Therefore, the aim of this work is to identify the
engine design and management factors—characterizing the dual-fuel combustion—
most influential on engine operation outputs. In order to perform this analysis, a set
of factors, namely methane flow rate, pilot injection pressure, pilot injection timing,
engine volumetric compression ratio, and ICP, have been varied on different levels
during an extensive experimental campaign. Their effect on engine output param-
eters, namely indicated mean effective pressure (IMEP), fuel conversion efficiency
ηf, combustion start, position and duration, maximum pressure rise rate (MPRR),
NOx, THC, and CO emission levels, has been analyzed using an analysis of vari-
ance (ANOVA) approach. In this way, it was possible to recognize the factor (or
combination of factors) most influential on each engine output parameter.
Moreover, the factor variation ranges leading the engine to operate in or close to
HCCI combustion, i.e., guaranteeing a high conversion efficiency and low emission
levels at the same time, have been sought: this suggested alternative and potentially
more effective ways to operate the engine closer to HCCI conditions.

10.2 Experimental Layout

A single-cylinder, 4-stroke, common rail diesel research engine (AVL model 5402)
was used to analyze the effect of pilot injection pressure and timing, engine com-
pression ratio, intake air pressure, and methane amount on dual-fuel diesel fuel–
methane performance and emissions. The technical features of the engine are
reported in Table 10.1, while in Fig. 10.1 the scheme of the experimental layout is
reported. The gaseous methane has been fumigated along the intake duct of the
engine by means of an injector consisting of an automatic poppet valve, with
contrast spring, actuated by the methane itself introduced by a solenoid valve in a
small accumulation volume (Carlucci et al. 2008). The solenoid valve was actuated
using a duty cycle D = 50% with a frequency of 30 Hz. During the tests, the
injector was positioned at a distance of about 400 mm from the cylinder axis, so
that a homogeneous methane–air mixture was obtained before trapping it into the
cylinder. Although the engine is provided with a swirl and tumble valve, the
mixture was introduced in the cylinder through the swirl valve only. This solution
was chosen because it provided the best compromise in terms of engine perfor-
mance and emission levels (Carlucci et al. 2009, 2010).

Table 10.2 reports the levels assigned to each factor varied during tests. The
duration of the diesel fuel injection was adjusted in order to keep constant—equal to
6 mm3/cycle—the diesel fuel amount injected per cycle. In particular, duration
equal to 150 or 300 µs was set for a diesel fuel injection pressure (p_rail),
respectively, equal to 1250 or 500 bar. The engine was always run at 1500 rpm.
Referring to SOI variation range, more advanced SOI was not used because of
either the high MPRR observed in several conditions, not tolerable by the engine
structure, or the absence of combustion observed in several other conditions. On the
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other hand, results obtained with more retarded SOI are not shown as the com-
bustion was basically not observed.

The amount of methane introduced along the intake duct was varied acting on
the duty cycle of a continuous pulse-width modulation (PWM) signal, generated by

Table 10.1 Single-cylinder diesel engine main specifications

Specification Nominal value/description

Maximum power 18 kW

Bore 85 mm

Stroke 90 mm

Original compression ratio 17.1:1

Combustion chamber Bowl with valve pockets and flathead

Injection system Common rail

Max injection pressure 1300 bar

Valve timing Opening Closing

Intake 13.5° BTDC 46.5° ABDC

Exhaust 51.5° BBDC 16.5° ATDC

Fig. 10.1 Experimental setup

Table 10.2 Factors and corresponding levels varied during tests

Description Abbreviation Tested levels

Methane mass flow rate Ggas 0 (kg/h)—(IMEP � 0.8 bar)
0.21 (kg/h)—(IMEP � 1.3 bar)
0.31 (kg/h)—(IMEP � 2.4 bar)
0.37 (kg/h)—(IMEP � 4 bar)
0.40 (kg/h)—(IMEP � 6 bar)

Engine compression ratio CR 14–17

Intake charge pressure ICP 1.16–1.66 (bar)

Diesel fuel injection pressure p_rail 500–1250 (bar)

Diesel fuel pilot injection timing SOI −50/−35/−20/−10/0/5/10 (CAD ATDC)
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a National Instruments High-Speed, Sourcing Digital Output NI 9474 module and
controlled by means of LabVIEW software. In this way, the opening time of the gas
injector was varied and so the amount of adducted methane.

The engine compression ratio was varied by changing the dead space volume of
the engine. In particular, thanks to the modular composition of the engine, steel
plates of a specific thickness can be inserted or removed to vary the compression
ratio.

The ICP was varied by modifying the opening of a pressure-regulating valve
positioned on the outflow line of an ATLAS COPCO GA 30 compressor. Also, in
this case, modifying the duty cycle of a PWM signal, it was possible to modify the
valve-opening degree and therefore the ICP up to the desired value. The intake
charge temperature (ICT) was kept constant equal to 314 ± 2 K.

Data acquisition was started only after steady conditions were reached. An AVL
piezoelectric pressure sensor model QC33C was mounted in the combustion
chamber. The signal sampling was triggered and synchronized with TDC by an
AVL encoder model 364C with a resolution of 0.2 crank angle degree (CAD). The
in-cylinder pressure transducer was characterized by a linearity error lower than
0.4%, while the sensitivity shift and the range error of the pressure amplifier (AVL
model 3066A01) were less than 1%. The error associated with the A/D data con-
version and acquisition was equal to 0.3%. To obtain the absolute cylinder pressure,
(pcyl,abs), a pegging routine was implemented, through which the cylinder pressure
measured by the in-cylinder pressure during the intake stroke was imposed equal to
the average pressure measured by an absolute pressure sensor (Kistler piezoresistive
sensor type 4045A2) mounted along the intake duct. Then, the absolute cylinder
pressure so obtained was stored for 50 consecutive cycles, averaged and then
post-processed. The gross HRR was calculated as:

HRR ¼ dQnet

dðCADÞ þ
dQw

dðCADÞ ð10:1Þ

The term dQnet

dðCADÞ was estimated based on the single-zone simplified model:

dQnet

dðCADÞ ¼
k

k � 1
pcyl;abs CADð Þ dV CADð Þ

dðCADÞ þ 1
k � 1

V CADð Þ dpcyl;abs CADð Þ
dðCADÞ

ð10:2Þ

where k is the heat capacity ratio (assumed equal to 1.38) and V(CAD) is the
cylinder volume variable with CAD. The term dQw

dðCADÞ, accounting for the heat

transfer through the cylinder walls, has been estimated as:

dQw

dðCADÞ ¼ Ahthc T � Twð Þ ð10:3Þ
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where Aht is the instantaneous cylinder heat exchange surface (crown of a cylinder
head, cylinder walls, and piston head), T is the instantaneous cylinder average
temperature, Tw is the average temperature of the inner cylinder surface, while the
total heat transfer coefficient hc was estimated as proposed by Woschni (1967). The
estimated error in this calculation, due to the errors in the absolute cylinder pressure
measurement, is around 2%. Based on pcyl,abs, it was possible to estimate
the indicated power Pi supplied by the engine:

Pi ¼ n
nR

I

cycle

pcyl;absdV ð10:4Þ

where n is the engine speed, while nR (=2 in this case) is the number of crank
revolutions for each power stroke. The average diesel fuel consumption was
measured by means of an AVL 733S fuel balance. The methane flux was stabilized
by means of a 0.8 L plenum positioned upstream the methane injector. The average
methane fuel consumption Ggas was measured by means of a thermal mass flow,
Aalborg Instruments and Controls Inc., model DFC 36 characterized by a mea-
surement error below 1%. The measurement of the fuel consumption allowed to
estimate the fuel conversion efficiency referred to the indicated power, ηf:

gf ¼
Pi

_md Hi;d þGgas Hi;gas
ð10:5Þ

where Hi;d and Hi;gas are the lower calorific values, respectively, of diesel fuel and
methane. The combustion efficiency was calculated as:

gb ¼ 1�
P

xiHi;i

_mdHi;d þGgasHi;gas

_ma þ _md þGgas

� � ð10:6Þ

in which xi is the mass fractions of CO and THC measured at the exhaust, Hi;i the
related lower calorific values, and _ma is the consumed intake air mass measured by
means of an AVL FLOWSONIX mounted between two plenums in order to sta-
bilize the air flux. Because the composition of THC in the exhaust, and thus the
related Hi;i, is not known, the combined mass-fraction-weighted Hi of diesel fuel
and methane has been used to represent the lower calorific value of THC.

The efficiency of the thermodynamic cycle was calculated as:

gc ¼
gf
gb

ð7Þ

The combustion products and therefore the pollutant emission levels at the
engine exhaust have been measured by means of an AVL AMA i60 Exhaust
Measurement System.
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In particular, THC levels have been measured through AVL flame ionization
detector (FID) analyzer, whose operation is based on the measurement of the
electrical current yield by the organic carbon atoms ionized in a hydrogen flame.
NOx levels were measured through AVL chemiluminescence detector
(CLD) analyzer, whose operation is based on the measurement of the light emitted
during the oxidation of nitrogen oxide NO with ozone O3, and CO levels have been
measured through an infrared detector (IRD) analyzer, whose operation is based on
the measurement of an infrared radiation absorption, correlated to the concentration
of the component to be measured. Particulate matter at tailpipe was not measured
since, as observed in several engine working conditions, the emission levels were
always well below 1 mg/m3.

10.3 Results and Discussion

10.3.1 Effect of SOI Spanning on Combustion Development

Figure 10.2 shows the HRR histories calculated on the basis of cylinder pressure
measured at n = 1500 rpm for different pilot timings (varied from −50 CAD ATDC
up to 10 CAD ATDC). Injection and engine settings were: CR = 17; p_rail =
1250 bar; ICP = 1.16 bar. Tests have been run injecting always the same amount
of pilot diesel fuel ðð _md ¼ 6mm3=cycle)), while varying the amount of introduced
methane: In detail, plot shows data (a) with no methane (OD); (b) with low/medium
methane amount (LM); and (c) with medium/high methane amount (MH). The
combustion development observed for all the injection and engine settings can be
summarized in the following macrotrends:

– Advanced SOI and low amounts of methane (plot a) show a gradually weaker
HRR, characterized by a first heat release at very advanced CAD (around −20
CAD ATDC, likely associated with LTC) followed by a second heat release
phase; as the methane is increased (plots b and c), this second heat release phase
shows an increasing peak.

– Retarding SOI (plot a) leads to a HRR shape closer to the one observed with the
conventional diesel combustion: a premixed peak followed by a queue char-
acterized by a lower HRR. In this case too, this second combustion phase is
more pronounced as the methane introduced in the cylinder is increased (plots b
and c).

In Fig. 10.3, the above observations are summarized. In particular, referring to
Fig. 10.3a, for low/medium values of methane rates, HRR peak first increases as
SOI is retarded from very advanced SOI and then decreases as SOI is further
retarded after TDC. This trend is still observed as the methane rate is increased;
however, the SOI related to the maximum HRR is gradually advanced and
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maximum values globally increase. The CAD corresponding to maximum HRR is
first advanced as SOI is retarded from very advanced SOI and then is delayed.
Methane rate has a secondary influence on CAD corresponding to maximum HRR.
This behavior, already described in the literature, is mainly due to the behavior of
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Fig. 10.2 HRR versus CAD
for variable methane rate:
a OD; b L; c M. CR = 17;
p_rail = 1250 bar;
ICP = 1.16 bar
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the ignition delay combined with the equivalence ratio distribution inside the
combustion chamber. As SOI is advanced, ignition delay is prolonged which can
lead to overlearning of the mixture and low combustion rate. On the other hand, as
SOI is retarded, ignition conditions may not be reached due to temperature
reduction during the expansion phase. The combustion development just described
was observed for all combinations of CR, p_rail, and ICP tested during the present
experimental campaign with the exception of CR = 17, ICP = 1.66, p_rail = 500/
1250 bar, for which the observed behavior is reported in Fig. 10.3b. The main
differences that can be noted with previous plots are: for retarded SOI, the HRR
peak exhibits an increasing trend; in these conditions, the effect of increasing
methane is not univocally defined.

In the following, the combustion development has been characterized in terms
of: ignition delay, ID, defined as the angular difference between the SOI and the
angle at which 5% of the total heat has been released; maximum pressure rise rate,
MPRR; combustion beginning, CA5, defined as the angle at which 5% of the total
heat has been released; center of combustion, CA50, defined as the angle at which
50% of the total heat has been released; and combustion duration, CA90-CA10,
defined as the angular difference between the angles at which 90 and 10% of the
total heat has been released. Then, the effects of ICP, CR, and p_rail on the above
parameters have been analyzed. It shall be emphasized that the injection event was
always decoupled from the start of combustion, due to the short duration of pilot
injection. Therefore, the behavior of the difference between the start of combustion
and the end of injection follows the same trend of ID assuming values always
higher than zero.

10.3.2 Effect of Intake Charge Pressure

In Fig. 10.4, the effect of ICP (ICP = 1.16 bar, column “a”; ICP = 1.66 bar, column
“b”) at different SOI and for different methane rates on ID and MPRR, plots (a′) and
(b′); CA5, CA50, and CA90-CA10, plots (a″) and (b″), is highlighted. The engine
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volumetric compression ratio was fixed equal to 14 and the injection pressure to
500 bar.

Concerning ID (plots a′ and b′), a decreasing–increasing behavior is visible with
SOI spanning. In particular, ID reaches the highest values—about 40 CAD—with
the highest SOI advances, due to the low temperature at which the injection is
performed. In these conditions, the limiting factor is represented by the preignition
reaction rates (slower at a lower temperature), as there is sufficient time for diesel
evaporation and effective mixing with the surrounding methane–air mixture.
As SOI is retarded, ID decreases up to a certain value (around 10 CAD), as the
temperature in the cylinder during injection is higher; then, it increases again,
because the cylinder temperature during injection decreases again. This behavior
has been broadly documented in the literature [see, for example, Guerry et al.
(2016)] and was observed for all the other investigated combinations of engine
volumetric compression ratio and pilot injection pressure. It must be specified,
however, that, for the two combinations of Fig. 10.3b, the increasing trend when
retarding SOI was much less pronounced.

It is visible that the methane rate has a secondary effect on ID compared to SOI.
Only-pilot diesel injection condition, however, exhibits, as expected, the lowest
values of ID. This behavior too has been broadly documented in the literature; see,
for example, Hosmath et al. (2016).

Comparing curves varying ICP (plots a′ and b′), it can be noted that also this
parameter has a secondary effect on ID. In any case, the observed trend, i.e., a
reduction of ignition delay as ICP is increased, especially for central values of SOI
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in the tested interval, has been already described, for example, in Guerry et al.
(2016). The above conclusions that can be extended to all the other investigated
combinations of engine compression ratio and injection pressure mainly occur
because the in-cylinder pressure both before and during combustion is higher
increasing ICP; consequently, ignition occurs earlier. Another related aspect of the
ICP variation is that the overall equivalence ratio is also allowed to vary with
ICP. Clearly, the temporal phasing of the HRR curves is also affected by the overall
equivalence ratios.

Concerning MPRR (plots a′ and b′), a strong variability is evident with SOI. At
low/medium methane rate, MPRR associated with very advanced SOI is very low,
then increases to higher values at intermediate SOI, and then decreases again up to
very low values with retarded SOI. SOI values determining a very low MPRR are
associated with a very slow combustion development, as already described in the
previous section. This behavior has been documented, for example, in Raihan et al.
(2015). As the amount of methane introduced in the cylinder is increased, MPRR
behavior varies significantly. Values associated with very advanced SOI are very
high; however, the trend becomes strictly decreasing [as shown in Guerry et al.
(2016) for tests conducted at high BMEP] and MPRR values gradually reach those
observed at low/medium methane rate as SOI is retarded. The effect of ICP
(compare plots a′ and b′), observed for all combinations of engine compression ratio
and injection pressure, is to reduce significantly the absolute value of MPRR at
medium/high methane rates, while there is a slight increase at low/medium methane
rate. This trend is possibly due to a more limited atomization and vaporization of
pilot fuel droplets acting as ignition agents for the premixed methane/air phase.

Concerning CA5 angles (plots a″ and b″), it is visible that it is advanced as SOI
is advanced. For the most advanced SOI, it is visible, however, that CA5 reaches a
plateau and, for several combinations of engine compression ratio and injection
pressure, it actually starts increasing. This trend too has been documented in the
literature [see, for example, Guerry et al. (2016)].

CA50 (plots a″ and b″) follows a similar behavior as far as SOI is between the
most advanced and intermediate values. For retarded SOI, however, the difference
between CA50 and CA5 increases evidently, which denotes a slower combustion
development attributable to the lower pressure and temperature into the cylinder
associated with very delayed SOI.

Concerning CA90-CA10 (plots a″ and b″), a trend first decreasing, then
increasing, and then decreasing again when retarding SOI was observed for most of
methane flow rates. This trend, observed for all combinations of engine compres-
sion ratio and injection pressure, is not in agreement with what observed, for
example, in Guerry et al. (2016). It is worth noting, moreover, that the difference
between CA50 and CA5, previously underlined for retarded SOI, does not exces-
sively penalize combustion overall duration. It is also evident that the effect of
methane rate is secondary and appears more evident at low/medium rates.
Increasing methane amount, however, determines a reduction in combustion
duration, which will lead—as analyzed in the following—to a corresponding
increase in fuel conversion efficiency.
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Increasing ICP very slightly decreases CA5; CA50 starts differentiation from
CA5 with SOI equal to 5 at low ICP, while at high around 10. This leads to the
conclusion that higher ICP sustains the combustion with more retarded SOI.
Finally, combustion duration (CA90-CA10) is slightly higher at higher ICP. Again,
this trend is confirmed for all combinations of engine compression ratio and
injection pressure.

In Fig. 10.5, the effect of intake charge pressure (ICP = 1.16 bar, column “a”;
ICP = 1.66 bar, column “b”) at different SOI and for different methane rates on ηb
and ηf, plots (a′) and (b′); CO and THC, plots (a″) and (b″); and NOx, plots (a′″) and
(b′″), is highlighted (note that the interval of SOI has been limited to −50–0 ATDC
given that, for more retarded SOI, the engine ηf is equal to zero and the results do
not have practical sense). As for plots in Fig. 10.4, the engine volumetric com-
pression ratio was equal to 14 and the injection pressure to 500 bar.

The behavior of ηb is reported in Fig. 10.5, plots a′ (low ICP) and b′ (high ICP).
As visible, at low/medium methane rate, the behavior is increasing and then
decreasing when SOI is retarded. This trend is due to the fact that, as already
analyzed through HRR curves, at very advanced or retarded SOI, combustion is
very poor (see Fig. 10.2a); therefore, a large amount of fuel is discharged along the
exhaust line, as will be evident analyzing THC and CO emission levels in these
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conditions. Increasing methane rate, combustion is poor only at very retarded SOI
(see Fig. 10.2c): in these conditions again, a large amount of fuel is exhausted, so
determining a significant reduction of ηb. At very advanced SOI, on the other hand,
ηb is close to unity. ηb is basically unaffected by ICP being its effect evident only at
low methane rate and very advanced SOI. Concerning ηc, the effect of methane rate
is to increase ηc. The fuel conversion efficiency ηf is therefore strictly increasing at
medium/high methane rates [in agreement with results reported in Guerry et al.
(2016)], while it is increasing and then decreasing at low methane rates as SOI is
advanced (plots a′ and b′). An increase of ICP negatively affected ηf at medium/high
methane rates and central SOI.

THC levels increase as SOI is retarded; moreover, from low to medium methane
rates, THC increases, while from medium to medium/high methane rates THC
decreases. If indicated specific emission levels were considered instead of [ppm],
the trend would have been increasing as methane rate decreases. These trends are in
agreement with results reported in Guerry et al. (2016). On the other hand, CO
emission levels ehibit a more complicated behavior. They decrease as SOI is
retarded at low/medium methane rate, while they show an increasing/decreasing
behavior at medium/high rates. In this case too, if indicated specific emission levels
were considered instead of [ppm], the trend would have been increasing as methane
rate decreases.

It is widely recognized that THC emissions are determined by many causes:
valve overlap, flame quenching, wall impingement, spray characteristics, crevices,
in-cylinder conditions, and residence time. CO emissions, on the other hand, are
mainly due to flame quenching, crevices, residence time, in-cylinder conditions. In
a dual-fuel HCCI engine—with methane fumigated along the intake duct—the
major sources are valve overlap, crevices, and bulk quenching of the diesel–
methane–air mixture, with the in-cylinder bulk temperature having a significant
influence on THC and CO oxidation rates, with the former faster than the latter.

In Fig. 10.6, the maximum in-cylinder bulk temperature is reported, at different
SOI and for different methane rates (ICP = 1.16 bar, plot “a”; ICP = 1.66 bar,
plot “b”).

From plot “a”, it can be observed that maximum in-cylinder bulk temperature is
not sensitive to SOI for low methane rates, while it decreases as SOI is retarded at
medium/high methane rates. This is consistent with the THC levels observed in
Fig. 10.5 plot b″. On the other hand, from low to medium methane rates, THC
increase as well as maximum in-cylinder bulk temperature, it could be argued
because of crevice hydrocarbons not being oxidized because of the excessively lean
methane–diesel–air mixture together to mixture escaping during valves
overlap. Increasing methane rate from medium to high values, however, the mixture
is not further excessively lean and crevice hydrocarbons can be—at least partially—
oxidized. It is believed that no wall impingement by spray liquid phase takes place,
based on data reported in Carlucci et al. (2014, 2015, 2017).

Concerning CO, a marginal increase is observed at retarded SOI, while THC
increase is sharper; at very advanced SOI, CO increase is sharper than THC
increase, according to results published in Guerry et al. (2016).
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Increasing ICP has a direct and an indirect effect on many of the abovemen-
tioned causes determining THC and CO emission levels: In particular, more oxygen
is available for oxidation, but at the same time the mixture equivalence ratio
decreases; more fresh methane–air mixture escapes during valve overlap; due to the
different in-cylinder pressure and temperature histories, both the residence time and
the diesel spray properties vary. The effect of ICP on each of these causes is hard to
be quantified; the overall observed effect is that, increasing ICP, THC is reduced.
On the other hand, CO emission levels decrease as ICP increases.

NOx emission levels are shown in Fig. 10.5 plot a′″. In particular, at low/
medium methane rate, NOx emissions increase and then decrease as SOI is retarded,
in agreement with results reported in Guerry et al. (2016). At medium/high methane
rate, the behavior is strictly decreasing as SOI is retarded. NOx emission behavior as
a function of SOI and methane reproduces the behavior of maximum bulk tem-
perature in Fig. 10.6 being dependent, as modeled by Zeldovich mechanism, on
local temperature, residence time, and oxygen availability. The effect of ICP is to
significantly reduce NOx emissions.

10.3.3 Effect of Engine Volumetric Compression Ratio

In Fig. 10.7, the effect of engine volumetric compression ratio (CR = 14, column
“a”; CR = 17, column “b”) at different SOI and for different methane rates on ID
and MPRR, plots (a′) and (b′); CA5, CA50, and CA90-CA10, plots (a″) and (b″), is
highlighted. The injection pressure and the ICP were, respectively, set equal to
500 bar and 1.16 bar.

Comparing both ID, it is visible that the effect of compression ratio increase is to
reduce both of them, for all combinations of ICP and injection pressure. Indeed,
thanks to the higher in-cylinder pressure reached during compression phase,
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preignition reactions are accelerated and ID reduced. However, as already seen
discussing the effect of ICP, ID shortening reduces the premixed combustion
intensity. The result is that MPRR does not vary significantly with CR.

Increasing engine compression ratio, CA90-CA10 is reduced at low/medium
methane rates, while at higher rates the values are comparable. CA5 and CA50 are
similar up to SOI = 0 at low compression ratio, while at high compression ratio the
two angles remain similar up to SOI = 5 ATDC. The observed trends are in good
agreement with those presented in Hosmath et al. (2016). This leads to the con-
clusion that a higher CR sustains the combustion with more retarded SOI.

In Fig. 10.8, the effect of engine volumetric compression ratio (CR = 14, col-
umn “a”; CR = 17, column “b”) at different SOI and for different methane rates on
ηb and ηf, plots (a′) and (b′); CO and THC, plots (a″) and (b″); and NOx, plots (a′″)
and (b′″), is highlighted.

The effect of increased compression ratio is to increase ηb at low/medium
methane rates, as visible comparing plots a′ (low compression ratio) and b′ (high
compression ratio) of Fig. 10.8 for all combinations of ICP and p_rail. The effect of
compression ratio is to extend the SOI range for which fuel conversion efficiency ηf
is high, this especially at low/medium methane rates, while at high rates the values
are not sensibly affected by compression ratio, this result being confirmed by results
reported in Di Blasio et al. (2017a).

THC is slightly reduced by variation of compression ratio, while CO is reduced
at low/medium methane rate, especially at central values of SOI, in good agreement
with results reported in Di Blasio et al. (2017a). As already discussed in
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Sect. 10.3.2, the causes determining THC and CO are many and complex to be
quantified. Among them, CR has an effect on spray properties, in-cylinder pressure
and temperature histories and residence time. NOx is increased as compression ratio
is increased, due to higher in-cylinder temperature (not shown) and longer residence
time.

10.3.4 Effect of Injection Pressure

In Fig. 10.9, the effect of pilot injection pressure (p_rail = 500 bar, column “a”;
p_rail = 1250 bar, column “b”) at different SOI and for different methane rates on
ID and MPRR, plots (a′) and (b′), and CA5, CA50, and CA90-CA10, plots (a″) and
(b″), is highlighted. The engine compression ratio was equal to 17, while the intake
pressure was set equal to 1 bar.

Comparing ID, it is visible that the effect of injection pressure increase is to
increase ID when SOI is advanced, for all combinations of ICP and engine com-
pression ratio. The variable effect of p_rail with SOI is mainly due to the fact that, at
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very advanced or retarded SOI, chemical ID dominates on physical ID, while the
contrary happens for central values of SOI (Carlucci et al. 2017).
Concerning MPRR, the effect of injection pressure is always to slightly increase
MPRR. All these trends are confirmed by data reported in Raihan et al. (2015).

CA90-CA10 is slightly reduced. CA5 and CA50 are similar up to SOI = 0 at a
low injection pressure, while at high injection pressure the two angles remain
similar up to SOI = 5 ATDC. Again, this suggests that with higher p_rail the
combustion can be sustained for more retarded SOI.

In Fig. 10.10, the effect of p_rail (p_rail = 500 bar, column “a”; p_rail = 1250
bar, column “b”) at different SOI and for different methane rates on ηb and ηf, plots
(a′) and (b′); CO and THC, plots (a″) and (b″); and NOx, plots (a′″) and (b′″), is
highlighted.

A not very evident effect of injection pressure increase is observed on ηb, while
ηf is increased specially at low/medium methane rates, this trend confirmed by data
reported in Raihan et al. (2015). At medium/high methane rate, the values are
affected by injection pressure only at very advanced SOI, where a reduction is
observed when injection pressure is increased.

CO and THC emissions in ppm are reported in Fig. 10.10 plots a″ and b″. The
effect of injection pressure on THC is a slight reduction, especially at low methane
rates, as injection pressure is increased, in agreement with results reported in Raihan
et al. (2015). An opposite behavior is observed only for advanced SOI. On the other
hand, CO is increased, in agreement with results reported in Raihan et al. (2015).
As already discussed in Sect. 10.3.2, the causes determining THC and CO are many
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and complex to be quantified. Among them, p_rail has an effect mainly on spray
properties and indirectly on in-cylinder pressure and temperature histories and
residence time.

Finally, NOx levels are reported in Fig. 10.10 plots a′″ and b′″. The effect of
p_rail increase is to decrease NOx levels. This result, in agreement with similar data
reported in Raihan et al. (2015), can be attributed to the fact that, given the little
amount of diesel pilot fuel, higher injection pressures lead to faster vaporization and
better fuel–air mixing which in turn facilitates better mixing of high-temperature
diesel combustion zones with leaner, low-temperature methane combustion zones.
Overall, this leads to a reduction in NOx at the engine exhaust.

10.3.5 Factor Settings Approaching HCCI Operation

As already said, the total amount of tests is very high and it is not convenient, for
the sake of brevity, to report all the results. However, it is important to investigate
the factor variation ranges leading the engine to operate in or close to HCCI
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combustion, i.e., guaranteeing a high conversion efficiency and low emission levels
at the same time.

In Table 10.3, the range of SOI able to guarantee a NOx level lower than 2 g/
kWh and ηf and THC values comparable with those measured for “conventional”
SOI are highlighted for each combination of engine compression ratio, injection
pressure, and ICP. Moreover, a cell colored in light gray, dark gray, or black means
that the above result was obtained, respectively, at low, low/medium, or medium/
high methane rate.

From Table 10.3, it is possible to recognize that:

– A significant reduction of NOx levels, keeping high values of ηf and THC, can
be obtained with very advanced pilot injections; in these conditions, however,
the benefit is limited to low/medium methane rates. In order to reach these
conditions, it is preferable to have lower values of engine compression ratios;
the utilization of a high compression ratio was effective only with a proper
choice of injection pressure and ICP.

– A significant reduction of NOx levels, keeping high values of ηf and THC, can
be also obtained retarding SOI after TDC. In these conditions, it is visible that
the benefits are not limited only to low/medium methane rates, but are extended
also at high rates. In order to reach these conditions, a high value of ICP is
preferable, although good results were also reached with low intake pressure
combined with a high injection pressure and a high engine compression ratio.

Table 10.3 Factor settings guaranteeing NOx level lower than 2 g/kWh and ηf and THC values
comparable with those measured for “conventional” SOI

SOI [CADATDC] 50 35 20 10 0 5

14/500/1.16

14/1250/1.16

17/500/1.16

17/1250/1.16

14/500/1.66

14/1250/1.66

17/500/1.66

17/1250/1.66
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Therefore, in order to obtain a homogeneous mixture and consequently a lean
combustion, the longer ID obtained with very advanced or very retarded injections
can be exploited. The first approach has been abundantly studied and documented
in the open literature, some of which is cited in the present chapter. The second
approach, on the other hand, did not receive attention so far. However, in diesel
HCCI, a combustion concept exploiting very retarded injections has been already
proposed, highlighting three main advantages: first, late injections are applicable
with conventional technology already available for diesel engines; second, injection
and combustion processes are not completely decoupled, so that combustion
phasing is controlled by injection timing; third, very advanced injections determine
impingement on the walls, which also shorten the average life of the lubricating oil
by an excessive dilution of the fuel that wets the walls during the compression
phase. This concept is the basis of the modulated kinetics (MK) combustion.

In the first generation of the MK system, success of combustion with HCCI
characteristics relied on three factors. First, oxygen concentration and local tem-
perature in the cylinder were reduced with EGR, so determining a drastic reduction
in NOx emission but also an increase in soot and THC. Second, as previously said,
the fuel injection was retarded, and so the ID prolonged, which led to a more
premixed combustion with lower NOx, lower soot, but higher THC emission mainly
due to wall impingement. Third, a high swirl ratio was used in order to improve the
mixture formation, further reducing soot emission and avoiding wall impingement,
so leading to a drastic reduction in THC (Kimura et al. 1997).

In the second generation of the MK combustion system, studied in order to
broaden the load and speed range of application, the autoignition delay was
increased reducing the compression ratio and cooling the EGR. Moreover, the
injection duration was reduced increasing the injection pressure (Kimura et al.
2001).

It could be argued that generally, by delaying the injection, the thermal efficiency
is lowered. In MK combustion, this disadvantage is compensated by the high swirl
and, therefore, by the low production of THC, which brings the thermal efficiency
to levels comparable or even higher than diesel conventional combustion. MK
combustion, moreover, is slower in the initial phase than the conventional one—
thus, a reduction of the combustion noise is obtained—however, it grows vigor-
ously during the second part of the combustion. This means that the combustion
duration for the two cases is comparable.

In DF combustion concept, however, late injection potential addressed to
establish HCCI combustion has not been investigated. In Fig. 10.11, in-cylinder
pressure, HRR, HRR cumulative, and in-cylinder bulk temperature curves are
reported, related to two “limit” cases: in 14-500-1.16 tests with SOI at TDC, an ηf
value close to zero was measured at low/medium methane rates, while at medium/
high rates it was significantly lower than that measured at more advanced SOI
(Fig. 10.5 plot a′). THC was lower as well as CO at low and medium/high methane
rates (at medium rates, they slightly increased compared to more advanced SOI; see
Fig. 10.5 plot a″). NOx was almost zero (Fig. 10.5 plot a′″). In 17-1250-1.16 tests,
on the other hand, ηf assumes values comparable to those assumed at more
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advanced SOI for all methane rates, with no penalty on THC, a very little penalty at
medium/high methane rates in terms of CO and low NOx specially at low/medium
rates (see Fig. 10.10, column b). Still in Fig. 10.11, the effect of the increase of
methane rate is highlighted. When compression ratio, injection pressure, and intake
pressure are low (plot a″), the HRR associated with diesel combustion exhibits very
low HRR values; therefore, the combustion duration is several tens of CAD. This is
due to lower in-cylinder local temperatures deriving from both lower CR and ICP
associated with the low injection pressure leading to poor atomization and slower
vaporization. The addition of methane further penalizes the pilot combustion, as the
HRR further decreases in the initial stage of combustion; as a consequence,
methane combustion is slow as well and can be considered complete around 60
CAD ATDC.

As CR and injection pressure are increased (plot b″), the behavior is totally
different. The HRR rate associated with the diesel fuel is much higher, so the
combustion duration is strongly decreased. Moreover, the addition of methane does
not affect negatively the pilot combustion. On the contrary, HRR increases, which
is due to the combustion of methane. The remaining part burns more slowly during
the queue, but the combustion can be considered complete well before the previous
case. In fact, analyzing the cumulative HRR (plots a′″ and b′″) highlights that, in the
first case, the total heat released remains low; the presence of methane further
reduces it. In the second case, on the contrary, the total heat released is significantly
higher and further increases if methane is added. The analysis of in-cylinder bulk
temperature, reported in plots a″″ and b″″, further confirms a more complete
combustion with high values of compression ratio and injection pressure. The
high-temperature values reached during the expansion stroke help the oxidation of
THC and CO species without penalizing NOx emission.

Therefore, the elements characterizing MK can be seen also in DF combustion.
This, therefore, shall stimulate the study of the effect of EGR (hot and cooled) and
swirl, combined with variable injection pressure and engine compression ratio, as
improvers of MK combustion, whose beneficial effect has been already proved for
diesel HCCI combustion.

10.4 Factorial Analysis

In Sect. 10.2, Table 10.2, it has been highlighted that each factor varies on a certain
number of levels; being 5 the variation levels of the methane rate, 7 the variation
levels of pilot injection timing and 2 the variation levels of the injection pressure,
engine volumetric compression ratio, and ICP, the complete factorial plan made of
5 * 2 * 7 * 2 * 2 = 280 possible combinations was therefore performed. In this
section, the results of the factorial analysis will be described, conducted on: IMEP,
ηf, MPRR, THC, CO, and NOx. Therefore, the influence of each factor (first-order
effects) as well as of combinations of factors (second-order effects), on the output
parameters, has been quantified. To achieve this goal, the ANOVA technique was
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temperature for different methane rates at SOI = TDC (CR = 14, p_rail = 500 bar,
ICP = 1.16 bar, column “a”; CR = 17, p_rail = 1250 bar, ICP = 1.16 bar, column “b”)

10 Design and Calibration Strategies for Improving … 291



applied and so a p-value was obtained, associated with each factor or combination
of factors, for every output parameter. A low p-value means a high probability that a
given output parameter is influenced by a specific factor (or combination of factors).

In Fig. 10.12a, p-values associated with each factor (CR, p_rail, SOI, ICP, Ggas)
for each output parameter (IMEP, ηf, MPRR, THC, NOx, CO) are plotted. It can be
easily observed that SOI is the most influential factor, as p-value is very low for all
output parameters. ICP is mainly influential on engine performance (IMEP, ηf,
MPRR) and THC emissions, while Ggas is more influential on both engine per-
formance (IMEP, ηf, MPRR) and engine emissions (THC, NOx, CO). The less
influential factor is p_rail, whose slight effect is visible only on NOx emission
levels.

In Table 10.4, the effect of the increase of each factor on each output parameter
is reported. The symbol “"” means that the output parameter increases as the
corresponding input increases, while the symbol “#” means that the output
parameter decreases as the corresponding input increases. The symbol “=” asso-
ciated with each of the previous symbols means that the effect is only slight. The
two symbols together (as for SOI effect on IMEP and ηf) means that the trend was
first increasing and then decreasing.

A more detailed analysis has been conducted performing the ANOVA for each
level of Ggas: The question was whether the p-values associated with CR, p_rail,
SOI, ICP shown in Fig. 10.12a could be confirmed for each level of Ggas, i.e.,
varying the engine load. The analysis, not reported here for brevity, did not
highlight strong differences. However, a significant effect on CO and NOx of the
ICP as the methane flow rate increases and a significant effect of pilot injection
pressure on indicated mean effective pressure and fuel conversion efficiency as the
methane flow rate increases were observed.

Finally, observing Fig. 10.12b, the second-order most important effects can be
recognized. If the injection pressure has the least first-order effect on the output
parameters, the second-order effect in combination with pilot injection timing on
engine performance (IMEP, ηf, MPRR) and THC emissions is significant, as well as
the effect on NOx emissions in combination with ICP. Another significant
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Fig. 10.12 p-value associated with each factor for each engine output parameter (plot “a”); p-
value associated with second-order effects for each engine output parameter (plot “b”)
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second-order effect can be observed on ηf and CO emissions combining engine
volumetric compression ratio and pilot injection timing.

10.5 Summary and Conclusions

In the first part of this work, a full factorial DoE has been performed on a
single-cylinder diesel engine modified in order to operate in dual-fuel diesel–
methane mode. The methane was fumigated along the intake duct thanks to an
injector. During the experimental campaign, compression ratio, ICP, pilot injection
timing and pressure, and methane flow rate were varied on several levels; this
allowed to quantify the effect of each of them, as well as of their interaction, on
combustion development, engine efficiency and pollutant levels at the exhaust.
Results are summarized in the following:

– Pilot injection timing is the most influential factor on both engine performance
and emissions. Very advanced or retarded timings (with respect to the tested
range) showed potential in enabling PPCI thanks to the long ignition delay: in
these conditions, very low emission levels and acceptable levels of maximum
pressure rise rate with no or little penalization on fuel conversion efficiency were
observed.

– Methane flow rate supplied to the engine is influential too on both engine
performance and emissions; the fuel conversion efficiency and NOx levels both
increase as methane flow rate increases, while CO and THC levels have a more
complicated behavior, increasing when methane flow rate increases from low to
medium values, decreasing from medium to high values.

– ICP mainly influences engine performance; the effect of THC is stronger, while
CO and NOx are only marginally influenced. A more detailed analysis, spe-
cialized at different methane flow rates, highlighted a significant effect on CO
and NOx as the methane flow rate increases. Moreover, a higher value of ICP
helped in reaching PPCI with very retarded pilot injection timing.

– Engine volumetric compression ratio influences significantly only maximum
pressure rise rate and THC, reducing both of them; in combination with pilot
injection timing, it influences also fuel conversion efficiency and CO emissions.

– Pilot injection pressure has the weakest first-order effect on both engine per-
formance and emissions; a more detailed analysis, specialized at different

Table 10.4 Trend
determined by each factor on
each engine output parameter

IMEP ηf MPRR THC NOx CO

CR " " " # " # =

p_rail # = # = # = " " "
SOI " # " # # " # #
ICP " " " # # #
Ggas " # " " " #
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methane flow rates, highlighted a significant effect of pilot injection pressure on
indicated mean effective pressure and fuel conversion efficiency as the methane
flow rate increases. Moreover, its effect increases on engine performance and
THC emissions in combination with pilot injection timing.

Summarizing, a proper choice of design and calibration is necessary to reach
HCCI combustion in dual-fuel engines. Besides the broadly investigated strategy
based on very advanced pilot injections, retarded injection timings, combined with
high ICP, determine very low levels of nitrogen oxides and maximum pressure rise
rate, with little or no penalty on engine efficiency and THC and CO levels. This
strategy, already investigated in diesel combustion, showed very good combustion
performance at low/medium load when combined with EGR (hot and cooled) and
swirl. Therefore, an ad hoc experimental campaign shall be performed also for
dual-fuel combustion with the aim of evaluating EGR and swirl effects, besides the
already investigated injection pressure and engine compression ratio, on engine
performance and emissions abatement.
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Chapter 11
Dual Fuel (Natural Gas Diesel)
for Light-Duty Industrial Engines:
A Numerical and Experimental
Investigation

Enrico Mattarelli, Carlo Alberto Rinaldini and Tommaso Savioli

Abstract This paper reviews the main results of a numerical and experimental
activity, carried out on an automotive four-cylinder, common rail, 2.8 L tur-
bocharged diesel engine, Euro IV compliant. The purpose of the project is to
convert this engine, with minor hardware modifications, in order to operate in
compression ignition (CI) dual-fuel (DF) mode, using natural gas (NG) as the main
source of energy. The diesel injector will keep the only function to ignite the
homogeneous air–NG mixture within the cylinder, injecting just a small quantity of
diesel fuel. In this way, soot emissions can be almost completely eliminated, and
the after-treatment system can be strongly simplified (then, its cost reduced). Other
fundamental advantages in the use of NG instead of diesel are the lower emission of
CO2 (provided that brake efficiency is not reduced when running on DF) and the
lower concentration of nitrogen oxides (NOx). This DF engine would be particularly
suitable for light-duty industrial applications (power generators, small tractors, and
off-road vehicles) and boats, where the installation of an additional fuel system is
not limited by tight constraints. The experimental activity is supported by a com-
prehensive theoretical study, carried out through CFD simulation (both 1D and 3D).
The numerical models are first calibrated for the standard combustion mode and
then applied to get the guidelines for the development and calibration of the
physical prototype. The most relevant experimental result is obtained at 3000 rpm,
BMEP = 12 bar, where the DF engine can work with just a 20% of the diesel fuel
required for standard operations. The following advantages are found: (1) complete
elimination of soot; (2) 26% reduction of NOx; (3) 25% reduction of CO2; (4) slight
improvement of brake efficiency. The only downside is the strong increase in HC
and CO concentrations, which are about ten times higher. However, this issue can
be addressed installing a cost-effective oxidation catalyst.
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11.1 Introduction

Compression ignition (CI) engines find application in almost every industrial and
transportation fields, for their intrinsic fuel efficiency, robustness, and capability to
run on different types of fuels. However, their use in urban areas or indoor plants is
raising concerns, mainly related to soot emissions (Lloyd and Cackette 2001;
Harrod and Jaramillo 2005). The compliance to tighter regulations makes the cost
of diesel engines increase significantly (Reşitoğlu et al. 2015). As a result, manu-
facturers are looking for alternative solutions, able to match high fuel efficiency,
clean exhaust gas and relatively low costs. Among many propositions, the con-
version of conventional CI engines to dual-fuel (DF) operations with natural gas
(NG) is one of the most promising (Wei and Geng 2016). This conversion does not
require a completely new design of the engine, but only the installation of a further
gas injection system in the intake manifold. The diesel injector keeps the only
function to ignite the homogeneous air–NG mixture within the cylinder, injecting
just a small quantity of diesel fuel.

11.1.1 Dual-Fuel Combustion Fundamentals

In order to provide the same amount of heat released by a standard diesel com-
bustion, the following mass of NG (mNG) must be introduced within the cylinder:

mNG ¼ mD � m0
D

� �
:LHVD

LHVNG
ð11:1Þ

where mD is the amount of diesel fuel injected in standard operations, m0
D is the

mass of diesel introduced when running on DF mode, LHV stands for lower heating
value, and D stands for diesel.

The residual fraction of diesel fuel, referred to as x, is defined as the ratio of m0
D

and mD.
Therefore, the amount of NG can be expressed as:

mNG ¼ 1� xð ÞmD :LHVD

LHVNG
ð11:2Þ
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As a first hypothesis, it is assumed that the mass of air delivered by the engine,
ma, is kept constant, when passing from standard diesel to DF operations.

Moreover, the mass of air consumed by the combustion of the injected diesel
fuel is calculated as the product of m0

D and the stoichiometric air–fuel ratio of the
diesel fuel, as;D (typical value: 14.5).

Defining a ¼ ma=mD, the amount of air available for the combustion of NG, m0
a,

is:

m0
a ¼ mD a� x : as;D

� � ð11:3Þ

Therefore, the relative air–fuel ratio of the NG–air mixture (kNG) can be cal-
culated as:

kNG ¼ a� x : as;D
� �

:LHVNG

1� xð Þ : as;NG :LHVD
ð11:4Þ

where as;NG is the stoichiometric air–fuel ratio of natural gas (typical value: 17.1).
From Eq. (11.4), it may be deduced that the homogeneous air–NG mixture is

lean for all the conditions of practical interest. In fact, considering a minimum value
of a ¼ 16, a minimum value of x = 0.05, being the lower heating values of NG and
diesel equal to 47.1 MJ/kg and 42.6 MJ/kg, respectively, Eq. (11.4) yields a value
of kNG ¼ 1:04.

As a and x increase, the value of kNG becomes very high: As a result, the
complete combustion of the NG mixture would be more and more difficult.
Therefore, when the load is low (a[ 30Þ and/or the residual fraction of diesel is
high (x > 0.3), it is probably convenient to reduce the amount of delivered air, in
order to keep the value of kNG within an optimum range. In a turbocharged engine,
this result may be achieved by controlling the boost pressure and/or by throttling the
inlet flow. In a naturally aspirated engine, only the second option is possible.
Moreover, there is no way to increase the amount of delivered air.

11.1.2 Combustion Patterns

As described in many previous papers (Wei and Geng 2016; Abdelaal and Hegab
2012; Hountalas 2003; Wannatong et al. 2007; Liu et al. 2003, 2013; Lounici et al.
2014; Papagiannakis and Hountalas 2004; Imran et al. 2014; Krishnan et al. 2004;
Abd Alla et al. 2000, 2002; Singh et al. 2004; Papagiannakis et al. 2010; Egusquiza
et al. 2009), the DF combustion patterns are different from standard CI engines.
Typically, when kNG is in the range between 1.2 and 2, a single high-pressure diesel
injection generates a sort of flame front, propagating from the combustion chamber
core toward the cylinder walls. The shape of the heat release rate curve is quite
similar to the case of a spark ignition (SI) engine, the only difference being the
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higher amount of fuel burnt in the very first part of the process, after the ignition
(the high chemical reactivity of diesel fuel involves a volume of premixed charge
much larger than that typically ignited by a spark plug). What happens in the
following depends on the composition of the charge, as well as on its thermody-
namic properties (pressure and temperature). The higher is kNG, and the higher is
the dilution with exhaust gas, and the lower is temperature, the slower will be the
propagation of the flame front. In the opposite conditions, the flame front will be
faster, but the end gas may auto-ignite, producing a detonation. In a regular DF
combustion, the flame burns the whole charge, without knock. Moreover, it should
comply with the same constraints of the standard diesel combustion, in particular
with the maximum combustion pressure and the maximum pressure gradient. The
injection strategy (fuel pressure, timing and duration of each single shot, number of
shots) obviously plays a key role, along with intake manifold pressure and tem-
perature, and the exhaust gas recirculation (EGR) rate. The last parameters are
particularly important at both low and high loads. In the first case, without EGR,
kNG tends to be too high: a reduction of the manifold pressure and/or an increase in
temperature generally help to increase the speed of the flame front, then to achieve a
complete combustion of NG. Conversely, at high load, an increase in the intake
manifold pressure (thus higher kNG) and/or the dilution of the charge with cooled
exhaust gas help to reduce the reactivity of the end gas, therefore to lower the risk
of knock.

11.1.3 Pollutants

Pollutant emissions are directly related to the specific combustion patterns; thus,
relevant differences are expected from standard diesel operations.

Almost all the researchers agree on the strong reduction of soot, when passing
from diesel to DF operations, at the same load (Wei and Geng 2016). The main
reason is that soot is produced by diffusive combustion of liquid fuels, and this
condition is strongly limited when the amount of injected fuel is small. Moreover,
the presence of NG in the charge prolongs the diesel ignition delay; thus, it
increases the lift-off length of the fuel jets, providing more favorable conditions for
air and fuel mixing. The only exception to this general rule is when considering
naturally aspirated (NA) engines at high loads (Papagiannakis and Hountalas 2004):
Due to the volume occupied by NG in the aspirated charge, the amount of air may
be so reduced that diffusive combustion is damped.

Another well-established characteristic of DF combustion is the reduction of
CO2, due to the following reasons:

(i) NG is mainly made up of methane, featuring a H/C ratio equal to 4; the same
parameter is more than halved, when considering the hydrocarbons consti-
tuting a standard diesel fuel; as a result, in DF operations, the share of CO2 in
the exhaust gas composition is reduced, in favor of a larger amount of H2O;
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(ii) non-complete combustion often occurring in DF operations may reduce the
amount of fuel terminating the oxidation process.

Obviously, the reduction of CO2 is a real advantage only when combustion is
complete.

Also about HC emissions, all the technical papers report the same trend (Wei and
Geng 2016), that is, an increase in this pollutant, sometimes even of more than one
order of magnitude. The reasons are:

(i) low speed of the flame, propagating in a lean and/or diluted homogeneous
mixture: As the cylinder volume increases, the low heat release rate makes
temperature drop; therefore, the oxidation reactions freeze;

(ii) during the compression stroke, some NG–air mixture remains trapped in the
cylinder crevices, deposits, and lubricant layer: As pressure decreases, NG is
released, but the low temperatures do not enable the oxidation of the fuel;

(iii) some air–NG mixture may bypass the cylinder during the overlapping
period.

Another typical trend in the DF combustion is the increase in CO, observed by
all the researchers (Wei and Geng 2016). The reasons are the same described for
HC, except for the bypass of fresh charge during the overlapping period. In addi-
tion, the following aspects can contribute to the increase in this pollutant:

(i) the HC and CO oxidation reactions are competing for oxygen, but the HC
oxidation rate is much faster than CO; as a result, when the cylinder tem-
perature drops, the oxidation reactions freeze, leaving a large amount of CO in
the exhaust gas

(ii) after the ignition, the hot combustion products containing CO mix with the
surrounding cooler air–NG mixture; as a result, the CO oxidation rate is
damped.

The effect of DF combustion on NOx concentration is more debated: Most
researchers agree that it depends on operating conditions (engine speed, load, EGR
rate) and on the injection strategy; in some cases, a reduction is observed
(Hountalas 2003; Papagiannakis and Hountalas 2004; Krishnan et al. 2004;
Papagiannakis et al. 2010; Liu et al. 2013); in others, an increase is found (Abd Alla
et al. 2000, 2002). The main reasons that bring to a reduction of this pollutant can
be summarized as follows (Wei and Geng 2016):

(i) the higher heat capacity of the air–NG mixture, in comparison to air only,
makes the charge temperature drop at end of compression; lower combustion
temperatures reduce the formation rate of NOx

(ii) lean air–NG mixtures bring to a slow combustion rate, after the ignition, thus
at lower combustion temperatures

(iii) stoichiometric or rich air–NG mixtures reduce the availability of oxygen,
thus the formation rate of NOx.
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On the other hand, the concentration of NOx in the exhaust gas increases when a
large amount of air–NG mixture is involved in the auto-ignition of the diesel fuel, in
particular when the injection advance is high. In fact, the peak of heat release,
associated with the final compression of the charge up to top dead center, makes the
combustion temperature increase, thus the formation rate of NOx.

It is interesting to notice that there is a clear trade-off between NOx and CO: The
conditions yielding a peak of NOx (fast combustion rates, with ensuing increase in
the temperature peak) are the same which enhance the oxidation of CO in lean air–
NG mixtures.

11.1.4 Brake Efficiency, Stability, and Performance

The influence of DF combustion on brake thermal efficiency (BTE) depends on the
specific conditions: In some cases, an improvement is found; in others, a reduction
(Wei and Geng 2016). The reasons for the reduction are:

(i) non-complete oxidation of NG, due to the lean or diluted mixture;
(ii) higher weight of heat losses, due to the slow combustion rate after the ignition.

Both effects are observed in particular at low loads, when the air–NG mixture
tends to be leaner and more diluted.

At high loads, BTE may be enhanced by speeding up the combustion of NG.
This result can be obtained optimizing the injection strategy and controlling the
value of kNG. As well known, a fast but controlled combustion helps to use all the
energy of the fuel, as well as to improve the conversion from heat to piston work.

As far as combustion stability is concerned, a slight worsening is generally
observed when passing to DF operations (Wei and Geng 2016). The most obvious
reason is the slow combustion rate of NG, due to the lean conditions.

Finally, the maximum engine performance under DF operations is directly
related to knock control. For reaching the same performance of the diesel mode, the
maximum value of kNG is the one calculated by Eq. (11.3), provided that BTE does
not change. However, for kNG\1:5, the risk becomes progressively higher. All the
studies reviewed in Wei and Geng (2016) show a slight reduction of brake
performance.

11.1.5 Dual-Fuel Application

The DF combustion mode may be a good alternative for several types of diesel
engines, in particular for boats, trucks, commercial vehicles, and industrial appli-
cations (power generators, tractors, and off-road vehicles), where the installation of
an additional fuel system is not limited by tight constraints. The most appealing
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aspect is the simplification of the after-treatment system (very low concentration of
soot in the exhaust flow, NOx reduction), with minor hardware modifications. Other
fundamental advantages in the use of NG instead of diesel oil are the lower
emission of CO2, the larger availability of NG (that can be obtained also from
renewable sources), the lower noise due to a smoother combustion, and the strong
simplification in the management of diesel fuel injection (much smaller amounts of
fuel, no need of high pressures or multiple injections). Obviously, there are also
some critical aspects to be addressed: The composition of the charge must be
carefully controlled, in order to avoid misfires or knocking; the injection strategy
must be optimized in order to achieve the best trade-off between pollutant emissions
and performance; the oxidation catalyst must be designed from scratch, due to the
higher concentration of HC and CO, as well as to the presence of methane in the
exhaust flow.

This study reviews the main results of a numerical and experimental activity,
carried out at the Department of Engineering “Enzo Ferrari” (University of Modena
and Reggio Emilia), focused on a four-cylinder, common rail, 2.8 L turbocharged
diesel engine, Euro IV compliant. The purpose of the project is to develop a DF-NG
engine starting from this basis, minimizing the transformation costs and extracting
all the potential from the new combustion concept. The choice of the engine
(originally conceived for Euro IV–V passenger cars) is mainly due to the fact that it
may be easily converted to other uses, with minor hardware modifications: In
particular, its efficient combustion system and robust construction make the engine
suitable for applications such as power generator, off-road light vehicles, boats.

First, a comprehensive CFD model of the reference automotive engine was built
and experimentally calibrated: GT-Power (Gamma Technologies 2016) was used to
analyze overall engine performance, as well as to provide accurate initial and
boundary conditions for detailed CFD-3D analyses. A customized version of the
KIVA-3V (Amsden 1997) code was then employed to investigate spray and
combustion and pollutants formation.

Using the calibrated models, a CFD-3D investigation on dual-fuel combustion
was carried out, in order to define the guidelines for the development of the DF
combustion system, as well as to assess its potential in terms of fuel efficiency and
pollutant emissions. As it will be discussed in detail in the following sections, it was
found that DF CI engines can run with less than 10% of the diesel fuel required for
standard operations and that a good trade-off between efficiency and emissions can
be found, after a proper setup of the injection parameters, combined with a specific
turbocharger control.

Finally, the diesel engine was equipped with a NG injection system and
experimentally tested on a set of different operating conditions.
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11.2 CFD Modeling of the Reference Engine

11.2.1 The Reference Engine

The main parameters of the reference engine, manufactured by VM Motori (Cento,
Italy), are listed in Table 11.1.

11.2.2 CFD-1D Engine Model

The GT-Power commercial software is used to build an engine model, including all
the components of the gas-dynamic circuit from the inlet to the exhaust (intake and
exhaust pipes and manifolds, cylinders, valves, compressor, charge cooler,
variable-geometry turbine (VGT), EGR cooler, EGR valve, etc.). The experimental
measure of in-cylinder pressure traces at full load enables the calculation of burn
rates, entered as input data for combustion modeling, as well as the estimation of
friction mean effective pressures (calculated in the model by using the Chen–Flynn
correlation). The discharge coefficients of both intake and exhaust valves, measured
for direct flow at a steady flow bench, are also entered in the numerical model.
The VGT rack position is set by means of a PID controller, targeting the experi-
mental boost pressure. Finally, the operating conditions are defined by considering
engine speed and injected fuel mass as principal parameters.

Table 11.1 Main parameters of the reference engine

Engine type HSDI 4-S diesel, EURO IV compliant

Number of cylinder 4 in-line

Total displacement (cm3) 2776

Bore (mm) 94

Stroke (mm) 100

Compression ratio 17.5:1

# of valves per cylinder 4

Air metering Turbocharger, intercooler

Injection system Common rail

Maximum injection press. (MPa) 160

Injector hole diameter (mm) 0.153

Number of injector holes 6

EGR system High pressure, cooler, inlet throttle

Maximum brake power (kW@rpm) 130@3800

Maximum brake torque (Nm@rpm) 440@1750

Maximum peak cylinder pressure [bar] 150
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The model is carefully calibrated against experimental data at full load. Due to
the simplifications in the modeling of some components of the gas-dynamic system
(air filter, charge and EGR coolers, pipe bends, etc.), some flow and heat loss
multipliers have to be specifically tuned. Also, combustion efficiency is slightly
reduced (between 0.96 and 1) at a few operating points, in order to get a good
correlation with experiments (in particular, with measured in-cylinder pressure
traces). Further details on the building and calibration of the model can be found in
(Rinaldini et al. 2013a).

Figure 11.1 shows the experimental validation of the GT-Power model, con-
sidering the gas pressure and temperature at both sides of the of the engine head
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Fig. 11.1 Comparison between CFD-1D simulation results and experiments at full load in terms
of pressure and temperature, at the engine head inlet and outlet. Reprinted from Rinaldini et al.
(2013a)
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(intake and exhaust). The good agreement between the measured and the calculated
values is the evidence of the good predictive capability of the model, in terms of
flow-dynamic parameters.

As a further evidence of the accuracy of the GT-Power model, Fig. 11.2 presents
a comparison with experimental data in terms of the following parameters: volu-
metric efficiency, brake mean effective pressure (BMEP), brake specific fuel con-
sumption (BSFC), and brake specific NOx emissions. All the parameters are
referred to full load operations (Fig. 11.3).

In order to demonstrate the quality of the model also at partial load, a set of 15
operating conditions is considered. They correspond to a typical use of the engine in
the New European Driving Cycle (for the details, see Rinaldini et al. 2013a). The
two parameters, selected for the comparison with experimental results, are the air–
fuel ratio (AFR) and the EGR rate. The reason of this choice is that both parameters
have a strong impact on combustion and emissions, and they are used to define the
initial conditions for the multidimensional CFD combustion analysis. As visible,
the accuracy of the model is excellent also at partial load (the average error being
less than 2%).

11.2.3 CFD-3D Cylinder Model

As already mentioned, a customized version of the KIVA-3V code has been used
for analyzing combustion and predicting engine-out emissions. Besides, the stan-
dard features of the code, described in Amsden (1997), the customization includes
the following aspects:

• the Kelvin–Helmholtz/Rayleigh–Taylor (KHRT) Instability model for describ-
ing the fuel droplets atomization (Patterson and Reitz 1998);
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• a detailed combustion chemistry approach, coupled with a comprehensive
oxidation mechanism for diesel oil surrogate (DOS) (Gustavsson and
Golovitchev 2003);

• the partially stirred reactor (PaSR) model, for describing the turbulence–
chemistry interaction (Golovitchev et al. 2000);

• an updated fuel library including the thermal properties of actual diesel oil.

The SENKIN code (Lutz et al. 1997), of the Chemkin-2 package, was used to
validate the chemical mechanism developed for DOS.

The accuracy of the customized KIVA code was tested by comparison with a set
of experimental data, taken on the reference engine at seven different operating
points, at both full and partial load (see Table 11.2). From the computational point
of view, the most relevant difference between full and partial load conditions is the
EGR rate: Simulation results are much more sensitive to modeling of chemical
kinetics. Experiments are carried out by using a standard eddy-current brake,
coupled to a dynamometer. The measures include the cylinder pressure, and the
concentrations of NOx, CO, and soot in the exhaust gas, before the after-treatment
system. More details about the calibration/validation process can be found in
Rinaldini et al. (2013a).

Table 11.2 Operating conditions considered for the validation of the KIVA 3V model

Speed (rpm) AFR EGR Prail (bar) SOI (cad ATDC)

Full load 1400 19.01 0 1460 −16.0

2000 19.41 0 1460 −19.8

3000 20.22 0 1600 −34.9

4000 22.40 0 1600 −19.4

Partial load 1400 23.89 6 565 −9.3

2000 24.27 13 1170 −23.2

2400 25.04 35 1360 −28.1

Reprinted from Rinaldini et al. (2013a)

Fig. 11.4 View of the
optimized polar grid, adopted
for CFD-3D simulations.
Reprinted from Rinaldini
et al. (2013a)
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Fig. 11.5 Comparison of
calculated (KIVA) and
measured (EXP) in-cylinder
pressures and burnt fractions
at different engine speeds, full
load, without EGR. The
operating points are:
a 1400 rpm, AFR = 19;
b 2000 rpm, AFR = 19.4;
c 3000 rpm, AFR = 20.2;
d 4000 rpm, AFR = 20.4.
Reprinted from Rinaldini
et al. (2013a)
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Fig. 11.6 Comparison of
calculated (KIVA) and
measured (EXP) in-cylinder
pressures and burnt fractions
at different partial load
conditions. The operating
points are a 1400 rpm,
AFR = 28.4, EGR = 6%;
b 2000 rpm, AFR = 24.3%,
EGR = 13%; c 2400 rpm,
AFR = 25, EGR = 35%.
Reprinted from Rinaldini
et al. (2013a)

310 E. Mattarelli et al.



The influence of the grid refinement has been investigated, comparing some
alternative mesh configurations. Among them, the grid selected for the study is the
best trade-off in terms of accuracy, computational demand, and physical soundness
of results. This grid, shown in Fig. 11.4, is a 60° sector polar mesh made up by
140.000 hexahedral cells at BDC.

The comparison between experiments and simulation is presented in Figs. 11.5,
11.6, 11.7, 11.8, and 11.9.

Fig. 11.7 Comparison of calculated (KIVA) and measured (EXP) NOx mass flow rates at full load
(a) and partial load conditions (b). The numerical points are the one presented in Table 11.2.
Reprinted from Rinaldini et al. (2013a)

Fig. 11.8 Comparison of calculated (KIVA) and measured (EXP) CO mass flow rates at full load
(a) and partial load conditions (b). The numerical points are the one presented in Table 11.2.
Reprinted from Rinaldini et al. (2013a)
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Figures 11.5 and 11.6 show the cumulative heat release and the average cylinder
pressure trace for all the operating points. The good agreement between simulation
and experiments is the first evidence of the capability of the numerical model to
reproduce in an accurate way the global phenomena concerning combustion and
heat transfer.

The prediction of emissions is more difficult, and it requires a specific tuning of
the model, in particular for the calculation of soot. It should be noted that the same
values of the calibration parameters have been employed for all the operating
points. Figures 11.7, 11.8, and 11.9 show the predicted and measured mass flow
rates of NO, CO, and soot. The agreement demonstrates the physical soundness of
the numerical approach.

11.3 DF Combustion Simulation

The CFD-3D analysis of the spray and combustion processes is a fundamental step
for the optimization of any new combustion system. As discussed in the first
section, the trade-off between brake efficiency and NOx is far from trivial, and only
simulation can provide the guidelines for a proper setting of the injection
parameters.

The information deriving from simulation is also very useful to prevent
mechanical failures, due to knock or simply to higher combustion temperatures and
pressures.

Fig. 11.9 Comparison of
calculated (KIVA) and
measured (EXP) Soot mass
flow rates at full load.
Reprinted from Rinaldini
et al. (2013a)
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11.3.1 Modeling the NG Combustion

The numerical modeling of DF combustion requires the coupling of two different
modes: the PaSR mode for calculating the ignition of the diesel fuel and the flame
propagation mode, for analyzing the ensuing combustion of the homogeneous air–
NG mixture. Therefore, for the last mode, it is necessary to develop and validate a
chemical kinetic mechanism. The validation of this mechanism is supported by
experimental measures of ignition delay times, taken in shock tubes, as well as by
the measure of the laminar flame speed of the main NG constituents (Golovitchev
and Imren 2013). Since these experiments are carried out at temperatures lower than
the ones occurring within the cylinder, the SENKIN code was used to extrapolate
the data, enabling a more specific tuning of the model coefficients. Obviously, these
coefficients have been modified within the limits given in the literature.

The NG components selected for the chemical kinetic mechanism are methane
(>90%), ethane, propane and n-butane.

The DOS model, for the diesel fuel, considers a blend of n-heptane and toluene.
The final integrated mechanism for NG/diesel combustion features 81 species

and 421 reactions. Figure 11.10 presents the experimental validation of the
mechanism, in terms of laminar flame propagation speed at atmospheric conditions.
The numerical values are calculated with the support of the PREMIX code (Liao
et al. 2004).

Fig. 11.10 Comparison of
calculated (calc) and
measured (exp) laminar flame
speeds at different
equivalence ratios. Reprinted
from Rinaldini et al. (2013b)
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11.3.2 Simulation Setup and Results

The DF combustion in the reference engine is analyzed at full load, at three different
engine speeds (2000, 3000, and 4000 rpm). The initial and boundary conditions do
not change from normal diesel operations. Due to the high values of relative air–NG
ratios in the premixed mixture (lean conditions), the reduction of the amount of air
related to the presence of the gaseous fuel is neglected.

All the calculations start after IVC, with identical initial flow field. The injection
strategy for DF operations consists in a pilot injection that contributes only for a
small fraction to the engine power output: The amount of liquid fuel that is injected
is 10% of the fuel required in the corresponding normal diesel full load operation.

A set of simulations has been performed for each engine speed, varying both
premixed NG concentration and start of injection (SOI). More details about the
simulation setup can be found in Rinaldini et al. (2013b).

In order to compare the amount of total fuel (NG and diesel) used during DF
operations to the one consumed under normal diesel (ND) full load operations, the
following parameter is defined:

Xcng ¼ mNG;DF þmDiesel;DF

mDiesel;ND
ð11:5Þ

This parametermaybeusedas an indicator of the efficiencyofDFcombustion at full
load: In fact, considering all the operating conditions yielding the same brake torque of
the standard diesel combustion, the lower is Xcng the lower is the amount of fuel
required to achieve the given performance target (thus, the lower is the CO2 output).

In order to represent the piston work, thus brake performance, a sort of indicated
mean effective pressure (IMEP) is considered. Differently from the standard IMEP,
the parameter used in this study, referred to as IMEP*, includes only the portion of
the cycle involved in the combustion process, from 40° BTDC to 110° ATDC.
However, for the sake of simplicity, the pressure–volume integral is divided by the
engine unit displacement.

Figure 11.11 shows the map of IMEP* for three different engine speeds:
2000 rpm (a), 3000 rpm (b), 4000 rpm (c). The values of start of injection (SOI) are
indicated on the x-axis, while Xcng is reported on the y-axis.

The dashed lines indicate the constant values of peak cylinder pressure. On each
map, in order to directly compare DF to ND operations, the curves of IMEP* and
peak cylinder pressure corresponding to ND operations are highlighted using,
respectively, a bold solid line and a bold dashed line.

The first result shown by the maps is that the values of IMEP* corresponding to
ND operations can be reached with almost every value of SOI, but within a narrow
band of Xcng. As the injection advance increases (from right to left), Xcng decreases,
but cylinder peak pressures tend to be higher. This trend means that increasing the
injection advance less NG has to be introduced to comply with the load target;
therefore, efficiency increases. However, the higher cylinder pressures are generally
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Fig. 11.11 Contours plot of IMEP* as a function of start of injection angle (SOI) and Xcng for
a 2000 rpm, b 3000 rpm, and c 4000 rpm. Reprinted from Rinaldini et al. (2013b)
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associated with higher temperatures and higher concentration of NOx. The trend
shown by the maps is consistent with the experiments reported in the literature (Wei
and Geng 2016), showing that increasing the injection advance at constant load
both brake efficiency and combustion pressure increase.

Crossing the bold solid line (ND IMEP*) and the bold dashed line (ND peak
pressure), it can be found a point on each map where the brake output and the peak
cylinder pressure of DF combustion are equivalent to ND. These three conditions
are reviewed in Table 11.3, and they define the optimum setup for the DF opera-
tions at full load. It may be noticed that in all the cases Xcng < 1 (about 80% at 2000
and 3000 rpm and about 90% at 4000 rpm). Since the lower heating values of NG
is about 10% higher than that of the diesel fuel, a 20% reduction of total fuel mass
in DF combustion means that the efficiency is increased, whereas a 10% decrease
indicates a comparable level of efficiency.

Another useful information that may be deduced from the set of simulations is
the wide range of relative air–NG ratio that can be adopted, maintaining a stable
and regular combustion. The values of kNG employed for the points reviewed in
Table 11.3 are 1.58 (2000 rpm); 1.49 (3000 rpm); 1.35 (4000 rpm). However,
combustion appears complete for values of kNG up to 2.0, while no knock is
detected when kNG is higher than 1.3.

In Figs. 11.12, 11.13, and 14, the optimized DF combustion mode (setup
reported in Table 11.3) is finally compared to ND mode. The following three
parameters are chosen for the comparison, repeated at each speed: cylinder pres-
sure, average cylinder temperature, and rate of heat release (ROHR).

The differences in terms of pressure are obviously very limited, due to the
injection setup, aiming at reaching the same peak value; the slightly lower cylinder
pressures (and temperatures) visible during the compression stroke of DF config-
uration are due to the higher specific heat capacity of the NG/air mixture

Conversely, a clear trend may be observed about temperature: DF combustion
generates higher values in the first half of the expansion stroke.

As far as the ROHR curves are concerned, it should be considered that the
high-frequency oscillations visible in both combustion modes are not necessarily
related to an instability of the process, but they may be simply due to the com-
putational time step (generally larger for ND mode). The average shape of the burn

Table 11.3 Optimum setup for DF operations at full load

rpm Operation SOI (° ATDC) mDiesel (mg/stroke) MNG (mg/stroke) Xcng

2000 Normal diesel 3a 84.10 0 –

Dual fuel 0 8.41 57.6 78.5%

3000 Normal diesel −3.9a 78.70 0 –

Dual fuel −2 7.78 57.2 82.6%

4000 Normal diesel −9.1a 69.70 0 –

Dual fuel −8 6.97 56.2 90.1%

Reprinted from Rinaldini et al. (2013b)
aMain injection
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Fig. 11.12 Comparison between normal diesel and dual-fuel operation in terms of in-cylinder
pressure, temperature, and rate of heat release, at 2000 rpm, same load. Reprinted from Rinaldini
et al. (2013b)
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Fig. 11.13 Comparison between normal diesel and dual-fuel operation in terms of in-cylinder
pressure, temperature, and rate of heat release, at 3000 rpm, same load. Reprinted from Rinaldini
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Fig. 11.14 Comparison between normal diesel and dual-fuel operation in terms of in-cylinder
pressure, temperature and rate of heat release, at 4000 rpm, same load. Reprinted from Rinaldini
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rates curves is comparable at 2000 and 3000 rpm, but at 4000 rpm, the DF com-
bustion is clearly smoother.

Figure 11.15 finally shows the comparison between optimized DF and ND
operations in terms of CO2, CO, and NO. Soot is not plotted, since the values
calculated during DF combustion are close to zero, as expected (no diffusive
combustion, only premixed). Also, HC concentrations are not presented, remaining
very low in both combustion modes.

The following advantages are observed, in comparison to the standard diesel
combustion:

(a) elimination of smoke
(b) 25% reduction of CO2 (on average)
(c) from 40 to 80% reduction of CO
(d) 8% improvement of fuel economy (on average)
(e) no knock, despite the high load and high compression ratio (17.5)
(f) similar values of UHC.

The only important drawback is the increase in NO, about doubled.
The last issue may be reduced, or even turned into an advantage, by means of a

different setting of Xcng and SOI. This new setting would probably reduce or cancel,
the improvement on CO and fuel efficiency, but it should not spoil the advantages
in terms of soot and CO2.

The results obtained in this theoretical study seem quite optimistic, in compar-
ison to the experimental values reported in the literature and discussed in Sect. 11.1.
In particular, the reduction of CO and the regular operations at maximum load do
not find support in previous researches. The different outcomes of this study may be
explained by the following considerations:

• the engine and the operating conditions (full load, with BMEP up to 20 bar) are
very unusual;

• the CFD-3D simulation enables a very effective optimization of the control
parameters

• simulation is carried out in ideal conditions that may be difficult to reproduce at
the dynamometer bed.

11.4 Experimental Setup

The experimental activity is performed at the dynamometer bench of the Department
of Engineering “Enzo Ferrari,” featuring an Apicom FR 400 BRV eddy-current brake
(maximum power 260 kW, maximum torque 900 Nm) and the Apicom Horus
software for system control and data acquisition. Besides the standard pressure and
temperature transducers, the laboratory instruments also include three flow meters, for
measuring the consumption of both diesel and NG, as well as the airflow rate.
Moreover, there is a set of exhaust gas analyzers (measuring the concentration of: O2,
CO, CO2, NO, NO2, HC), and a smoke meter (AVL DiSmoke 4000 opacimeter).
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A high-frequency indicating system has been specifically designed and installed for
recording in-cylinder pressure traces; the system is made up of a Kistler piezoelectric
transducer, installed on one cylinder in place of the glow plug, a charge amplifier, and
an optical encoder. The National Instruments Compact RIO hardware and the Alma
Automotive software (Obi) are used to acquire the in-cylinder pressure traces and to
monitor the related parameters, calculated in real time.

Four NG injectors with a nominal flow rate of 1.5 g/s at 3 bar are installed on the
engine inlet pipe, just downstream of the intercooler and about 500 mm before the
intake manifold. The longer this distance, the better for achieving a homogeneous
air–NG mixture. The position of the injectors, visible in Fig. 11.16, is carefully
chosen in order to enhance the gas mixing.

11.5 Experimental Results

The experimental campaign covers a wide set of operating conditions. Each point
was calibrated in two ways: First, boost pressure was kept constant, passing from
standard diesel to DF operations (only the injection strategy was optimized); then,
also the turbocharger control was modified, along with the injection parameters.

Fig. 11.16 Picture shows the
installation of the four NG
injectors (red and gray
elements), between the
intercooler and the intake
manifold
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The last approach is mandatory for the operating points at low load, in order to
achieve an efficient and clean combustion, whereas it is not necessary at
medium-high loads.

For the sake of brevity, the paper is focused on a single point: 3000 rpm,
BMEP = 12 bar. All the measures are taken setting the coolant temperature at the
engine outlet at 90 °C and keeping the maximum oil temperature below 120 °C.
Ambient conditions are almost identical, since the tests are performed the same day,
at some minutes of distance.

Two operating modes are compared: standard diesel operations (referred to as
Diesel_100), maintaining the original engine calibration, except for the EGR valve
(always shut); dual-fuel operation, reducing of 80% the diesel flow rate, and
replacing it with NG (this mode is referred to as Diesel_20). In the second case, the
injection strategy is optimized, working on rail pressure, start of injection, and
injection duration. In both cases, a three-pulse law is employed. Another parameter
that could be modified is the pressure in the intake manifold, controlled by setting
the turbine rack. In some cases, it is necessary to adjust the boost level, along with
the throttle position, in order to control the composition of the charge within the
cylinder. However, for the dual-fuel operation considered in the paper (Diesel_20),
a modification of boost pressure does not seem to offer particular advantages.

The goals of the optimization performed in this study are:

• regular engine operations (same or lower cycle-by-cycle variation, in compar-
ison to Diesel_100)

• compliance with peak cylinder pressure limit (for this point, 120 bar)
• NOx emissions as low as possible (in any case, not higher than Diesel_100)
• brake efficiency as high as possible (in any case, not lower than Diesel_100).

It may be noticed that the goals are often conflicting: As an example, a faster and
more complete combustion normally improves brake efficiency, but it makes also
increase NOx emissions and peak cylinder pressure. Therefore, the optimum
injection setup is not univocal, and it depends on the specific set of constraints and
goals driving the optimization process.

Figure 11.17 is showing a comparison between the original injection law (in terms
of volumetricflow rate) and the one optimized for the dual-fuel condition. The profiles
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are extrapolated from experimental measures, obtained at generally different rail
pressures and excitation times. The extrapolation is based on simple physical corre-
lations (as an example, the maximum flow rate is proportional to the square root of
injection pressure, and the integral of the mass flow rate must yield the injected mass).

It may be noticed that the main difference consists in the shape of the third pulse,
much smaller. Also, the rail pressure is halved (from 1520 to 760 bar), in order to
increase the injection duration and get a smoother heat release. From this point of
view, splitting the injections into three shots yields some fundamental advantages:
First, the main injection releases a smaller amount of heat; second, the pilot and
preinjections produce a local increase in temperature and a reduction of kNG that help
the combustion of the lean air–NGmixture. A further reduction of rail pressure seems
not convenient, probably because of the atomization worsening, increasing too much
the auto-ignition retard. As far as the timings are concerned, the injection advance is
limited by the constraints placed upon the peak cylinder pressure (see Fig. 11.18).

Compression is similar between Diesel_100 and Diesel_20, but not identical,
despite the same intake manifold pressure. The reason is the different specific heat of
the charge, made up of pure air (in the former case) and of air and NG in the latter. In
the standard combustion, the pressure peak is located at top dead center, whereas in
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Diesel_20 is shifted toward expansion. The maximum value is slightly higher in the
dual-fuel combustion, while the situation is reversed during the expansion stroke.

The energy transmitted by the charge to the piston can be estimated analyzing
the pressure–volume diagram, shown in Fig. 11.19 (the indicated work is propor-
tional to the area of the cycle). Even if the area of the indicated cycles is very
similar, it is evident that dual-fuel operations are closer to an ideal Otto cycle, where
combustion occurs at constant volume, at top dead center. As a result, the engine
may have a higher thermal efficiency when operating on dual fuel.

The net heat release rates (i.e., the difference between the instantaneous heat
released by combustion and the heat lost through the walls) are calculated on the
basis of the first principle of thermodynamics, applied to the ensemble-averaged
pressure trace, considering 100 consecutive cycles. The rates are presented in
Fig. 11.20, while the cumulative heat curves are shown in Fig. 11.21. From both
graphics, it is evident that the first part of combustion is faster in the dual-fuel
mode, contributing to the enhancement of the indicated cycle efficiency. However,
the maximum heat release rate is almost coincident, or even slightly lower, than the
one found in standard diesel combustion. This behavior is explained by the fact
that, in the D100 mode, only a small amount of fuel is available before top dead
center (about 5%), whereas, in the DF mode, the very first diesel shot can ignite a
relatively large amount of homogeneous air–methane charge. In this case, it is
fundamental to limit the amount of diesel fuel in the first shots, in order to avoid an
abrupt heat release that may also generate dangerous knocking phenomena.

Table 11.4finally presents a comparison in terms of average cycle quantities. Itmay
be noticed that volumetric efficiency decreases when introducing natural gas, even if
the charge pressure in the intake manifold is the same. This result is explained by the
fact that the gaseous fuel occupies a volume, which is subtracted to air. The total fuel
energy is slightly lower in the dual-fuel operation: Since the brake output is the same,
this is the clear evidence that the thermodynamic cycle is more efficient. In fact, brake
efficiency is slightly higher (38.4 vs. 36.6%), and the exhaust gas temperature is
slightly lower. The composition of the exhaust gas is quite different, despite a very
similar relative air–fuel ratio (1.72 vs. 1.77): Soot is canceled, and CO2 and NOx

concentrations are lower, while CO and HC are ten times higher. The last values
demonstrate that combustion in the dual-fuel operation is not complete; however, these
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products can be easily eliminated by adopting a standard oxidation catalyst, which has
a small impact on the total cost of the engine. It is quite remarkable the fact that specific
NOx and CO2 emissions are strongly reduced: −35% for NOx, −33% for CO2.

11.6 Conclusions

This paper reviews the main results of a numerical and experimental activity, carried
out at the Department of Engineering “Enzo Ferrari” (University of Modena and
Reggio Emilia), focused on a four-cylinder, common rail, 2.8 L turbocharged diesel
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Fig. 11.21 Comparison in terms of cumulative heat release (3000 rpm, BMEP = 12 bar, no EGR)

Table 11.4 Experimental
results at BMEP = 12 bar,
3000 rpm

Parameter Unit D_100 D_20

Diesel flow rate kg/h 19.2 3.9

NG flow rate kg/h 0.0 13.0

Airflow rate kg/h 493 439

Volumetric efficiency % 168 149

Total fuel energy kW 227 216

Relative air–fuel ratio (k) ° 1.77 1.72

Brake efficiency % 36.6 38.4

Exhaust gas temperature °C 444 439

O2 % 10.2 10.5

CO2 % 7.7 5.8

CO ppm 131 1978

HC (CH4-equivalent) ppm 630 6372

NOx ppm 629 465

Soot FSN 0.20 <0.01

CO2 g/kWh 720.9 482.8

CO g/kWh 0.8 10.5

HC (CH4-equivalent) g/kWh 2.1 19.3

NOx g/kWh 5.2 3.4

326 E. Mattarelli et al.



engine, Euro IV compliant. The engine was originally conceived for automotive
applications (up to Euro IV/V, adopting a diesel particulate filter and an oxidation
catalyst, along with a high-pressure EGR), but it may be easily converted to other
uses, with minor hardware modifications and maintaining its excellent efficiency and
robustness. In particular, this study considers the implementation of a dual-fuel
(natural gas diesel) combustion system, for light-duty industrial applications.

The first step of the study consisted in the construction and calibration of reliable
CFD models (both 1D and 3D) of the reference engine. The calibrated KIVA-3V
model of the combustion system enabled a comprehensive study on this type of
dual-fuel combustion, at full and medium load, for different engine speeds. It was
theoretically demonstrated that the engine can operate at full load with 10% of the
diesel fuel injected in standard conditions, without generating soot and with a 20–
30% reduction of CO2 emissions, due to a slight improvement of brake efficiency
combined to the lower concentration of carbon in the burnt fuel. However, an
increase in peak combustion temperatures and NOx emissions (about two times
higher) was also observed. This drawback can be probably mitigated or canceled
with a new specific setup of the injection strategy.

The experimental campaign was focused on low–medium loads, in particular on
the following operating condition: BMEP = 12 bar, engine speed 3000 rpm, no
EGR (this point is of interest for a number of industrial applications). In the
optimized dual-fuel operation, the amount of injected diesel oil is 20% of the value
measured under standard conditions.

The following advantages are found, for the DF case: (1) complete elimination
of soot; (2) 35% reduction of NOx; (3) 33% reduction of CO2; (4) 5% improvement
of brake efficiency. The only downside is the strong increase in HC and CO
concentrations, which are about ten times higher (but they can be easily eliminated
adopting an oxidation catalyst, reducing a little bit the advantage on CO2).
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Chapter 12
Cyclic Combustion Variations
in Diesel–Natural Gas Dual
Fuel Engines

Kalyan Kumar Srinivasan, Sundar Rajan Krishnan,
Prabhat Ranjan Jha and Hamidreza Mahabadipour

Abstract Dual fuel combustion is achieved by using a combination of two fuels
with extremely different ignition characteristics. For instance, a low-reactivity fuel
such as natural gas is compression-ignited using a calibrated amount of appropri-
ately timed, high-pressure, high-reactivity diesel spray. The ensuing combustion
occurs at predominantly fuel-lean conditions and is therefore devoid of soot
emissions, and the relatively small amount of diesel fuel used also results in the
simultaneous reduction in nitrogen oxide emissions. In addition, the use of natural
gas, which is predominantly composed of methane, offers the necessary fuel flex-
ibility required to reduce carbon dioxide emissions from conventional neat diesel
fired power trains in transportation and power generation applications. The greatest
reductions in carbon dioxide emissions are achieved with highest natural gas
substitution. However, this also causes problems with high cyclic combustion
variations leading to an increased propensity to misfire and high engine-out
hydrocarbon emissions. This chapter reviews the current state of the art in strategies
to mitigate cyclic combustion variations in dual fuel natural gas engines and pro-
vides substantial insights gleaned from past experimental dual fuel combustion
research conducted by the authors. In particular, the chapter discusses opportunities
and challenges associated with low-temperature dual fuel combustion engines.
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12.1 Introduction

Natural gas has been employed and studied extensively as an alternative fuel for
both spark ignition (SI) and compression ignition (CI) engines (Korakianitis et al.
2011). Dual fuel engines using natural gas as the primary fuel and diesel as the
secondary fuel have attracted increasing attention in recent years due to their sig-
nificant performance–emissions benefits (Wei and Geng 2016). Research on dual
fuel combustion has been ongoing for several decades (Boyer 1949; Elliot and
Davis 1951; Felt and Steele 1962; Karim and Khan 1968; Karim 1980, 2003;
Doughty et al. 1992). In particular, a preponderance of the literature is available on
diesel–natural gas dual fuel combustion with a variety of fuel injection systems and
operating strategies that are mostly consistent with the diesel engine architectures
prevalent during the corresponding time periods. Early research efforts utilized
mechanical injection systems to introduce the diesel fuel directly into the engine
cylinder(s) while natural gas was fumigated in the intake manifold. In contrast,
more recent studies have utilized common-rail diesel injection systems that have
enabled the realization of a variety of diesel–natural gas dual fuel low-temperature
combustion (LTC) strategies at low-to-medium loads (Li et al. 2016; Srinivasan
et al. 2006a; Raihan et al. 2014; Guerry et al. 2016) and at high loads, including
premixed mixture ignition in the end gas region (PREMIER) (Azimov et al. 2011),
advanced injection low pilot-ignited natural gas (ALPING) (Krishnan et al. 2004;
Srinivasan et al. 2006b), reactivity-controlled compression ignition (RCCI) (Walker
et al. 2015). In addition, simultaneous direct injection of natural gas along with
diesel using a specialized high-pressure direct injection (HPDI) system has been
explored as a pilot-ignited nonpremixed diesel–natural gas dual fuel combustion
strategy by several researchers (McTaggart-Cowan et al. 2007, 2015; Faghani et al.
2017; Neely et al. 2017) and shown capable of maintaining diesel-like performance
while deriving most of the power (>90%) from natural gas.

In general, many of these studies demonstrate the potential benefits of diesel–
natural gas dual fuel combustion in terms of significant reductions in engine-out
emissions of oxides of nitrogen (NOx) and particular matter (PM) compared to con-
ventional compression ignition direct injection (CIDI) diesel combustion and fuel
conversion efficiencies that are comparable to or slightly better than CIDI, especially
at high loads. On the other hand, both conventional diesel–natural gas dual fuel
combustion and dual fuel LTC strategies suffer from high cyclic combustion varia-
tions, poor combustion efficiencies, and high emissions of unburned hydrocarbons
(HC) and carbon monoxide (CO) at low loads and high natural gas substitutions, and
exhibit the tendency to knock with high maximum pressure rise rates (MPRR) at high
loads. Comparing conventional dual fuel and dual fuel LTC strategies, it is clear that
the latter provides better overall efficiency–emissions benefits. Consequently, it is
imperative to identify strategies for improving cyclic variations, part-load combustion
efficiencies, and high load operability issues for dual fuel LTC. It is especially
important to understand and ameliorate cyclic combustion variations in dual fuel LTC
because they lead to low combustion efficiencies and high HC and CO emissions.
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The rest of the chapter is organized as follows. A selective review of the existing
open literature on cyclic combustion variations in conventional SI, homogeneous
charge compression ignition (HCCI), and dual fuel combustion is first presented.
This is followed by the examination of cyclic combustion variations of diesel–
methane dual fuel LTC in a single-cylinder research engine (SCRE) operating at a
relatively low load of 5.1 bar indicated mean effective pressure (IMEP), a fixed
engine speed of 1500 rev/min, and a methane energy fraction (MEF) corresponding
to natural gas of 80% of the total fuel energy input. Methane is chosen as a
practically relevant surrogate for natural gas. Despite the well-known fact that
natural gas composition varies significantly across the world, its primary constituent
is almost always methane. Finally, the chapter concludes by making recommen-
dations to achieve high-efficiency dual fuel LTC by mitigating cyclic variations.

12.2 Selective Review of the Literature on Cyclic
Combustion Variations

12.2.1 Stochastic and Deterministic Features in Cyclic
Variations

Cyclic variations (or cycle-to-cycle variations) in engine combustion processes
have been observed and investigated for several decades (Patterson 1966). Early
studies were largely focused on cyclic combustion variations in SI engines (cf.
Patterson 1966; Barton et al. 1970; Young 1981; Matekunas 1983; Ozdor et al.
1994). Many of these studies utilized normal linear statistics to characterize cyclic
variations. Most of them (e.g., Young 1981; Ozdor et al. 1994) led to the under-
standing that cyclic variations were inherently stochastic (i.e., purely random) in
nature or exhibited no statistically significant autocorrelation between one cycle and
the next (e.g., Barton et al. 1970). In other words, no deterministic effects were
noted in the initial studies on stoichiometric, homogeneous SI engines because they
considered engine operating conditions that were far from the unstable operating
limits. On the other hand, when unstable operating conditions are encountered in
lean burn SI, stoichiometric SI with high levels of dilution with exhaust gas
recirculation (EGR), HCCI, and dual fuel LTC, a combination of deterministic and
stochastic features may be evident.

Various causes have been proposed for cyclic variations, including random
turbulent fluctuations of in-cylinder fuel–air mixing processes to more deterministic
prior cycle effects (e.g., residual gas effects from prior cycles). In the present
context, the adjective “deterministic” may be construed as indicative of a system
that follows explicit laws of cause and effect; i.e., there is at least some short-term
predictability in the system’s behavior, and hence, it allows feedback-based control
strategies to be used to stabilize or alter its behavior (Finney et al. 2015; Davis et al.
2001). In many situations, nonlinear dynamical systems with extreme sensitivity to
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initial conditions may appear to exhibit random behavior but are actually somewhat
deterministic. For example, when residual exhaust gas temperature was considered
as the nonlinear coupling mechanism between successive cycles in SI engine
combustion, periodic or chaotic combustion oscillations were observed under cer-
tain engine operating conditions (Kantor 1984; Daily 1988). Subsequent studies
(e.g., Daw et al. 1996) suggested that residual gas composition (rather than tem-
perature) was the most important factor vis-à-vis its nonlinear (prior cycle) impact
on combustion.

In general, Finney et al. (2015) observed that there is significant experimental
evidence indicating both stochastic and deterministic components in cyclic com-
bustion variations. Stochastic variations are always apparent for nearly all operating
conditions while deterministic cyclic variations typically emerge only when engine
operation occurs near “a transition point” when thermal and mass feedback between
successive cycles become significant (e.g., for high EGR conditions). Important
factors affecting cyclic combustion variations are charge dilution (i.e., excess air or
EGR) and the amount of residual gas present. For stoichiometric combustion with
little or no EGR and low residual gas levels, cyclic combustion variations are
generally stochastic while for higher dilution and/or residual gas levels, determin-
istic features become increasingly apparent. For significantly dilute operation (e.g.,
near lean flammability limits), the residual gas effects dominate, causing alternating
misfires followed by cycles of strong combustion “recovery” or “rebound.” It is
interesting to note that similar rebound behavior (i.e., partial misfires followed by
cycles of intense high heat release combustion) has also been observed under dual
fuel LTC conditions (e.g., Srinivasan et al. 2014). Similarly, nonlinear dynamics
have also been observed in HCCI (Hellstrom et al. 2012), spark-assisted HCCI
(Daw et al. 2008), and during mode transitions between standard SI and HCCI
operations (Daw et al. 2007).

12.2.2 Cyclic Variations in SI Engines

As discussed above, Young (1981) presented one of the early reviews of cyclic
combustion variations and their influence on in-cylinder pressure evolution in
homogeneous SI engines. It was reported that the main cause of cyclic cylinder
pressure variations was cyclic combustion variations and faster combustion typi-
cally produced smaller pressure variations. Also, cyclic variations of velocity in the
spark plug vicinity at the time of ignition were shown to result in cyclic variations
later in the combustion process. To study cyclic combustion variations in an SI
engine, Matekunas (1983) considered a propane-fueled single-cylinder engine with
a transparent piston crown, three intake geometries, and two spark locations. It was
found that cyclic combustion variations appeared in two regimes. In the first
regime, away from the lean limit, the repeatability of the overall cylinder flow
pattern determined the relative variations in burn (combustion) phasing. In the
second regime, which corresponded to operation near misfire due to partial
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quenching of the early flame, late burning in some cycles was observed. Another
literature survey was performed by Ozdor et al. (1994) to assess cyclic variations in
SI engines. The largest relative cyclic variations at mean best torque (MBT) spark
timing were exhibited by maximum cylinder pressure while the location (crank
angle) corresponding to maximum cylinder pressure exhibited cyclic variations in
the initial flame kernel development stage.

Sen et al. (2011) demonstrated the influence of different EGR levels (0, 5, 10, 15,
and 20%) on cyclic combustion variations in a stoichiometric natural gas-fueled SI
engine at 2000 rpm. By extracting data over 200 cycles, it was revealed that cyclic
variations in IMEP occurred on multiple timescales. While high-frequency inter-
mittent fluctuations were observed for 0% EGR, more persistent frequency varia-
tions developed at higher EGR levels. Wang et al. (2008) experimentally studied
the effect of hydrogen addition at different volumetric fractions on cyclic com-
bustion variations in a natural gas-fueled SI engine. They observed that under lean
mixture conditions, the cyclic variability decreased with increasing hydrogen
fraction while peak pressure and MPRR increased.

The instability characteristics of a hydrogen-enriched gasoline SI engine were
experimentally investigated by Wang and Ji (2012) under various operating con-
ditions on a modified four-cylinder SI engine. They reported that hydrogen addition
shortened the combustion duration, resulting in a reduction of coefficient of vari-
ation (COV) of IMEP. Also, it was shown that hydrogen addition was more
effective vis-à-vis engine stability for gasoline engines at lean operating conditions,
idle, and low loads compared to high loads.

Ceviz and Yüksel (2006) studied the effect of liquefied petroleum gas (LPG) on
combustion variability of a lean burn SI engine. They found that with LPG as a fuel,
cyclic combustion variations were lower compared to gasoline. Also, with
increasing air–fuel ratio, the COV of IMEP increased for both gasoline and LPG
operations; however, the increase in instability was more pronounced for gasoline.

12.2.3 Cyclic Variations in HCCI Engines

Cyclic combustion variations in gasoline-fueled HCCI combustion were studied by
Agrawal (2011) on a modified CI engine. The impact of varying intake air tem-
perature and air–fuel ratio on cyclic variations was studied at different engine
speeds. In-cylinder pressure was measured for 3000 consecutive cycles, and symbol
sequence statistics was used to find the stochastic and deterministic components of
cyclic variability. It was found that as the fuel–air mixture became richer, the
distribution of combustion timings deviated significantly from a normal distribu-
tion. Also, cyclic variations in combustion timing shifted from stochastic to
deterministic behavior when the mixture became richer at all test speeds. A similar
shift in cyclic variations behavior was also reported with increasing intake air
temperature at a fixed air–fuel ratio. Based on modified Shannon entropy calcula-
tions, it was found that prior cycle effects on combustion timing extended back to
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eight previous cycles. Therefore, it was concluded that it may be beneficial for the
engine controller to have information of more than just the immediate previous
cycle.

Ion current signals were investigated by Chen et al. (2016) to characterize cyclic
variations in an ethanol-fueled HCCI engine by adding different CsOAc (cesium
acetates) concentrations to the based fuel. Subsequently, the ion signal cyclic
variations were compared with cylinder pressure variations. To identify nonlinear
characteristics of ion current signals, a single-zone model was considered at dif-
ferent equivalence ratios. It was found from return maps, time series plots, and
calculated COV that due to the low ionization energy of CsOAc, the stability of the
ion signals significantly improved. It was also suggested that through the appli-
cation of designed deterministic patterns, that long, consecutive symbols of the ion
current signal could be reliably predicted, especially when a small amount of
CsOAc was added.

Cyclic variations of IMEP and combustion duration were experimentally
investigated by Maurya (2018) in a gasoline-fueled HCCI engine using symbol
sequence statistics. The combustion parameters were analyzed by recording 1500
consecutive engine cycles at 1200 rpm engine speed and various engine load
conditions. It was observed that at different engine load conditions, cyclic variations
of IMEP and combustion duration shifted from stochastic to deterministic behavior.
Also, the maximum determinism for IMEP and burn duration was observed for the
leanest mixture and the richest mixture, respectively. It was concluded that infor-
mation from more than just the immediate previous cycle was needed for effective
HCCI engine control.

12.2.4 Cyclic Variations in Dual Fuel Combustion

For many single fuel and dual fuel LTC strategies, since engine operation is gen-
erally very sensitive to initial charge composition and initial temperature, cyclic
variations exhibit some level of deterministic behavior. Several studies have been
performed on conventional dual fuel combustion as well as dual fuel LTC. A few
selected publications (not an exhaustive list) on this topic are reviewed below.

Selim (2005) converted a single-cylinder, naturally aspirated Ricardo E6 engine
to operate on pure diesel, diesel–methane dual fueling, and diesel–LPG dual fueling
to perform a statistical analysis of cyclic combustion variations. In-cylinder pres-
sure data were recorded for 1200 consecutive cycles to characterize combustion
variations based on maximum pressure, maximum rate of pressure rise, and
IMEP. Different operating and designed parameters were considered such as type of
gaseous fuel, pilot fuel mass, compression ratio, engine load, pilot fuel injection
timing, and engine speed. It was observed that dual fuel cyclic combustion varia-
tions strongly depended on the type and concentration of gaseous fuel used. Diesel–
LPG dual fueling showed higher combustion noise compared to diesel–methane
dual fueling. Advancing pilot injection timing and increasing compression ratio led
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to higher cyclic combustion variations for diesel–LPG dual fueling while increasing
engine speed reduced cyclic variations.

Sun et al. (2013) experimentally analyzed cyclic combustion variations in a
single-cylinder, four-stroke, natural gas–diesel dual fuel engine by varying the EGR
ratio, the diesel injection timing, and the pilot diesel quantity at fixed engine speed
and pilot injection pressure. It was observed that, with increasing EGR, the
in-cylinder peak pressure decreased and its cyclic variations increased, while the
MPRR decreased. With diesel injection timing advancement, the in-cylinder peak
pressure increased and its cyclic variations decreased. With increasing diesel
quantity, the in-cylinder peak pressure increased while its cyclic variations
decreased.

Srinivasan et al. (2014) examined experimentally the cyclic combustion fluc-
tuations for conventional diesel–methane dual fuel combustion and partially pre-
mixed diesel–methane dual fuel combustion in a single-cylinder research engine at
6 bar brake mean effective pressure (BMEP) and 1700 rev/min engine speed.
A mechanical injection system with a fixed pilot diesel injection timing (22 CAD
before TDC) was used for the conventional dual fuel experiments while natural gas
fueling was varied between 0 and 95% on an energy basis. For the partially pre-
mixed dual fuel combustion experiments, an electronic injection system was
employed with pilot diesel injection timing varied between 20 CAD and 60 CAD
before TDC and the diesel accounting for about 2% of the total fuel energy input.
Cyclic variations in start of combustion (SOC), peak cylinder pressure, combustion
phasing (CA50), and the separation between the diesel injection event and the
combustion event were analyzed. For conventional dual fuel combustion, with
increasing natural gas substitution, the peak pressure decreased, SOC and CA50
were delayed, and the COV of IMEP increased. For dual fuel partially premixed
combustion, the COV of IMEP decreased from around 25% at 20 CAD before TDC
to 6.2% at 40 CAD before TDC and subsequently increased to 10.6% at 60 CAD
before TDC. For both conventional and partially premixed dual fuel combustion,
cyclic variations were characterized by alternating slow and fast burn cycles,
especially at high natural gas substitutions and advanced injection timings. Finally,
using heat release return maps, it was shown that cyclic combustion variations
could be decreased by adopting intake charge preheating as an effective thermal
management strategy, especially for dual fuel partially premixed combustion.
A similar conclusion was also reached by Srinivasan et al. (2006a) for improving
COV of IMEP of pilot-ignited natural gas combustion at low loads.

Wang et al. (2016) experimentally investigated cyclic variations in diesel–
methanol dual fuel combustion by considering the COV of maximum in-cylinder
pressure, maximum mass-averaged temperature, and IMEP for 100 consecutive
cycles. The effects of intake temperature, engine load, injection timing, and
methanol substitution on cyclic variations were studied at an engine speed of
1660 rev/min and BMEPs of 3.14 and 12.52 bar. It was observed that the COV of
maximum pressure and temperature increased significantly with increasing
methanol substitution at low loads while at high loads, the increase of COV was
negligible. At high loads, diesel–methanol dual fuel combustion was more stable
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and less sensitive to methanol substitution but at low loads, the IMEP showed
considerable fluctuations. It was found that COVs were more sensitive to intake
temperature than diesel injection timing. Similar to the observations of Srinivasan
et al. (2006a, b), with increasing intake temperature at low loads, the COVs of all
combustion parameters decreased.

Cyclic variations of diesel–gasoline and diesel–ethanol dual fuel combustion
were investigated experimentally and numerically by Dong et al. (2017).
In-cylinder pressure was recorded for 150 consecutive cycles and cyclic variations
in CA5 (ignition timing), CA50 (combustion phasing), cumulative heat release, and
IMEP were reported. For both diesel–gasoline and diesel–ethanol dual fuel com-
bustion, cyclic variations in cumulative heat release led to IMEP variations, with the
latter exhibiting higher cyclic variations due to lower reactivity of ethanol and lower
combustion temperatures. Also, at both high and low loads, cyclic variations of
diesel–ethanol dual fuel combustion increased with increasing ethanol substitution.

12.2.5 Modeling Cyclic Variations

Many models, including both zero-dimensional and multidimensional models, have
been proposed to simulate the dynamical character of cyclic variations.
Zero-dimensional models may be broadly classified into two types (Green et al.
1999): (i) linear Gaussian random processes (LGRP) and (ii) noisy nonlinear
dynamics (NND). Both LGRP and NND models presume that cyclic variations
include both deterministic and random components. However, LGRP further
assumes linear influences of both the deterministic (i.e., prior cycle effects) and
random components; in other words, LGRP models are based on the expectation
that cyclic variations occur due to noisy, linear perturbations on the combustion
process (e.g., due to excited acoustic modes in the intake manifold leading to small
equivalence ratio fluctuations). By contrast, NND models allow nonlinear coupling
between past and future combustion cycles via some mechanism (e.g., residual gas
effects), leading to “nonlinear memory” in the system. For example, Daw et al.
(1996) presented a simple NND model for cyclic variations that included both
stochastic and nonlinear deterministic elements. They assumed nonlinear coupling
of residual gases from prior cycles as the primary mechanism for nonlinear
deterministic oscillations in fuel-lean combustion while the stochastic element was
modeled as random fluctuations in the important deterministic model parameters
such as fuel–air ratio, residual gas fraction, and lean ignition limit. They observed
deterministic behavior with dynamical noise (i.e., random fluctuations) in both
experimental data and predictions from their model. More generally, based on “time
irreversibility” considerations (i.e., “return maps” of cumulative heat release plotted
for a given cycle i against the following cycle i + 1) when comparing model
predictions with experimental data, Green JB Jr et al. (1999) concluded that only
NND models adequately reproduce the time irreversibility in cyclic combustion
variations under fuel-lean operating conditions.
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Recently, Sen et al. (2014) numerically studied cyclic variations in heat release
in a gasoline–ethanol-fueled SI engine with wavelet analysis of 2000 consecutive
engine cycles. Mixture equivalence ratio varied between 0.7 and 1, and ethanol was
changed in volumetric proportions of 5–25%. It was found that cyclic variations
reduced with increasing ethanol substitutions at a fixed equivalence ratio. Also,
cyclic variations increased for leaner mixtures at a fixed ethanol substitution. Sjerić
et al. (2015) implemented a new turbulence model in a 1D/0D cycle-simulation
software (AVL BOOST) to investigate the impact of turbulence, mixture stratifi-
cation, and flow angle at the spark plug on cyclic variations in SI engines.
In-cylinder pressure histories for 300 consecutive cycles were recorded at a reso-
lution of 0.1 CAD in an unthrottled CFR engine. Cyclic variations of in-cylinder
turbulence had the most significant effect on cyclic combustion variations, followed
by equivalence ratio variations, while flow angle at the spark plug had the lowest
impact. A stochastic reactor model of iso-octane/n-heptane HCCI engine was used
by Tunér et al. (2009) to investigate relation between cyclic variations and dis-
cretization as well as the effect of heat transfer and mixing on cyclic variations.
A simplified mixing model was used for turbulence, and the Woschni model was
used for modeling heat transfer with a stochastic approach. It was found that cyclic
variations could be reduced by the presence of inhomogeneities which promote
earlier ignition.

Galloni (2009) studied the parameters that affect cyclic combustion variations in
a small SI engine by means of computational fluid dynamics (CFD) analysis and
experimental studies of several combustion chamber geometries and part-load
operating conditions. He concluded that a correlation existed between calculated
mean laminar flame speed, mean turbulence intensity, and experimental COV of
IMEP.

Using multidimensional simulations and monitoring the sensitivity of ignition
timing to changes in initial in-cylinder temperature at IVC, Jia et al. (2015)
investigated cyclic variations of various premixed compression ignition combustion
strategies, focusing on dual fuel diesel–gasoline RCCI combustion. The effects of
different operating parameters such as combustion mode, fuel reactivity, EGR rate,
intake pressure, and injection strategies were studied using re-normalization group
(RNG) k-e turbulence model, Kelvin–Helmholtz-Rayleigh–Taylor (KH–RT) dro-
plet breakup model, and improved spray–wall interaction model. Diesel–
methanol RCCI combustion exhibited larger cyclic variations compared to diesel–
gasoline RCCI at the same operating conditions due to lower reactivity of methanol.
Also, using EGR resulted in higher standard deviations of CA50 due to retarded
ignition phasing and slower burn rate. Higher intake boost pressure led to con-
siderable reduction in cyclic variations. To reduce cyclic variations in RCCI
combustion, it was found that retarded injection timing and a single high-pressure
injection were helpful because the local in-cylinder equivalence ratio was suffi-
ciently rich to promote more robust combustion. To investigate cyclic variations in
gasoline-fueled HCCI and diesel–gasoline RCCI combustion, Klos and Kokjohn
(2015) developed a methodology based on detailed CFD simulations. To determine
the combustion characteristics and the main sources of cyclic variations, a response
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surface model was fit to the design-of-experiment results to accurately predict
several outputs (i.e., IMEP, CA50, MPRR, NOx, soot, and unburned hydrocarbon
(UHC)). It was shown that RCCI and HCCI exhibited higher cyclic variations and
much higher sensitivity to input parameters than conventional diesel combustion.
Using an uncertainty propagation technique, it was found that sources of HCCI and
RCCI cyclic variations were trapped gas temperature, port fuel injection mass,
direct injection mass, and EGR percentage. Also, while cylinder pressure at IVC
was shown to be a significant factor in HCCI combustion, its contribution to RCCI
cyclic variations was minimal.

Jupudi et al. (2016) used a commercial CFD software to simulate multiple
parallel single cycles of diesel–natural gas dual fuel combustion to characterize the
effect of variabilities in operating parameters and boundary conditions on cyclic
combustion variations. Therefore, a collection of individual cycle
Reynolds-averaged Navier–Stokes (RANS) simulations was executed in parallel to
evaluate cyclic variations of in-cylinder pressure in a closed-cycle simulation from
IVC to 20° after TDC. It was found that the COV of in-cylinder pressure in dual
fuel mode was less than half of the experimentally measured COV. Stochastic
effects (e.g., in-cylinder natural gas stratification) and hole-to-hole variation in
diesel injection could lead to cyclic combustion variations. Among the variabilities
in operating and boundary conditions, variability in the start of diesel injection had
the highest impact on cyclic combustion variations for both dual fuel and diesel
combustion modes, followed by variability in diesel flow rate. These results indi-
cated that precise fuel injection control was important to reduce cyclic combustion
variations in both dual fuel and diesel combustion modes.

12.3 Results from Single-Cylinder Engine Experiments

In this section, selected experimental results from the authors’ research group are
presented. Particular reference will be made to the research conducted by Raihan
et al. (2014) and Raihan (2014) on a single-cylinder research engine described in
Table 12.1.

Table 12.1 Description of the SCRE used in Raihan et al. (2014) and Raihan (2014)

Engine type SCRE based on a Doosan DV-11 platform

Number of cylinders 1

Displacement 1.827 L

Compression ratio 17.1:1 (nominal value)

Valve train 2 intake, 2 exhaust valves

Bore � Stroke 128 � 142 mm

Connecting rod length 228 mm

IVO/IVC 4/174 CAD

EVO/EVC 503/712 CAD
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Raihan et al. (2014) conducted a comprehensive experimental program that
performed detailed dual fuel experiments on the effect of several parameters
including diesel start of injection (SOI), intake manifold pressure (boost), and fuel
injection pressure with engine speed maintained at 1500 rev/min and engine load
maintained at 5.1 and 7.5 bar IMEP, respectively. In addition, the intake temper-
ature and pressure were fixed at Tin = 30 °C and Pin = 1.5 bar, respectively, the
diesel injection rail pressure (Prail) = 500 bar, MEF at 80%, while the diesel
injection timing was varied from SOI = 280 CAD to 355 CAD to quantify the
effects of SOI variation on dual fuel combustion. Figures 12.1, 12.2, 12.3, and 12.4
discuss the performance and emissions at a particular low load condition (5.1 bar
IMEP) where the unburned hydrocarbon emissions and cyclic variations pose a
serious problem. From Figs. 12.1 and 12.2, several observations are in order as the
SOI is advanced from 355 CAD to 280 CAD. Indicated fuel conversion efficiency
and combustion efficiency increase from 29 and 56.8%, respectively, at 355
CAD SOI, reach near maximum values (42 and 79%, respectively) at 310 CAD,
and then decrease to 40 and 64.3%, respectively, at 280 CAD. However, COVimep

exhibits the opposite trend; i.e., it decreases from 4% at 355 CAD to 1% at 330
CAD and then continues to increase to 11% at 280 CAD. Figure 12.2 shows the
ISNOx–ISHC and ISNOx–ISCO trade-offs. It is instructive to note that engine-out
smoke emissions were overall low for all SOIs (Raihan et al. 2014). As SOI is
advanced from 355 CAD to 280 CAD, the ISNOx emissions increase from 3 g/kWh
at 355 CAD to 14 g/kWh at 340 CAD, then slightly decrease to 11 g/kWh at 330
CAD, and subsequently decrease sharply to 2 g/kWh at 320 CAD. Further
advancement of SOI to 310 CAD results in “near-zero” ISNOx emissions at 310
CAD. Beyond 310 CAD SOI, any further advancement does not lead to a signif-
icant reduction in ISNOx emissions; however, the impact of SOI advancement is
rather pronounced on both engine-out ISHC and ISCO emissions. Clearly, there
seems to be a transition in the nature of combustion between 330 CAD and 320
CAD. It is possible that this transition signifies the start of RCCI combustion

Fig. 12.1 Indicated fuel
conversion efficiency (IFCE
%), combustion efficiency
(Comb. Eff %), coefficient of
variation in indicated mean
effective pressure (COVimep

%), ignition delay
(CAD) trends for dual fuel
combustion at diesel SOI
sweep between 280 and 355
CAD, 5.1 bar IMEP,
1500 rev/min, Pin = 1.5 bar,
Prail = 500 bar, MEF = 80%
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(Walker et al. 2015) where the injected diesel has just enough time to form “pre-
mixed enough” mixtures to influence local mixture reactivity to the “appropriate
extent.” As a result, the combustion process is dominated by simultaneous, dis-
tributed autoignition. This observation has been recently corroborated in the
computational study by Dai et al. (2018). After 320 CAD, further advancement in
SOI results in very low NOx emissions and a simultaneous increase in CO emis-
sions, with HC emissions being relatively unaffected. This indicates that a
“premixing” limit is attained, whereby any further advancement in SOI does not
result in a decrease in HC emissions. However, the CO emissions continue to
increase and reach a maximum of 42 g/kWh at 280 CAD. The most likely reason
for this trend is due to low overall bulk gas temperatures during the expansion
stroke, which essentially results in “frozen” CO kinetics (Raihan et al. 2014; Raihan
2014). These trends are further reflected in the poor combustion efficiencies as well
at very advanced SOIs.

Figures 12.3 and 12.4 show the average CA50 location versus average CA5 and
average CA5-90 duration versus average CA5, respectively. For reference, CA5 (or
start of high-temperature autoignition or start of combustion) refers to the crank
angle corresponding to the location of 5% cumulative heat release, CA50 (centroid
of combustion) is the crank angle corresponding to the location of 50% cumulative
heat release, and CA5-90 duration (combustion duration) is the time elapsed in
CAD between 5 and 90% cumulative heat release. It is clear that when the SOI is
advanced from 355 CAD to 330 CAD, the CA5 location is increasingly advanced
from TDC and further SOI advancement results in CA5 being retarded closer to
TDC. Similar observations can be made about the centroid of combustion or CA50
location. Interestingly, the CA50 location changes little with SOI advancement
beyond 310 CAD. This explains why the IFCE magnitude does not change much
despite the combustion efficiencies decreasing significantly with SOI advancement

Fig. 12.2 Indicated specific
NOx, HC, and CO emissions
trends for dual fuel
combustion at diesel SOI
sweep between 280 and 355
CAD, 5.1 bar IMEP,
1500 rev/min, Pin = 1.5 bar,
Prail = 500 bar, MEF = 80%
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beyond 310 CAD. Additionally, the CA5 and CA50 are correlated almost linearly
for SOIs either advanced or retarded from 330 CAD. In other words, the occurrence
of high-temperature autoignition is perhaps the most significant event in the
development of both RCCI and low-temperature dual fuel combustion. Observation
of the CA5-90 durations in Fig. 12.4 offers an interesting perspective on the nature
of dual fuel combustion. Advancing the SOI from 355 CAD to 330 CAD decreases
the combustion duration from 29 CAD to 21 CAD, respectively. Upon further
advancement from 320 CAD to 280 CAD, the combustion duration is between 16
and 19 CAD. The combustion duration trend, particularly from 310–280 CAD,
offers indirect evidence to support both the IFCE and HC emissions trends, which
do not vary much over this range of SOIs.

While these “average” trends are certainly helpful to understand the general
nature of combustion, they do not provide an in-depth understanding of the real
nature of RCCI or dual fuel LTC, especially at advanced SOIs where cyclic
combustion variations are observed. In particular, the very low NOx emissions at
the advanced SOIs are relatable to the “extent of premixing,” which depends on the
local fluid mechanics and the residence time available for the injected diesel fuel to
be spatially dispersed throughout the combustion chamber by the bulk advection of
the in-cylinder charge. Given that the single-cylinder engine used in the present
work is a low-swirl engine (Jha et al. 2017), the only factor that influences mixing is
the diesel SOI, i.e., a more advanced SOI implies more residence time available for
dispersion and local mixing. As a result, it is expected that cyclic variations will
have a significant impact on the extent of premixing and local air-to-fuel ratios or
local “reactivities” just before the start of combustion. In other words, CA5, CA50,
and CA5-90 durations are all expected to experience significant cyclic variations,
and therefore, influence the development of the overall combustion process. Since
these quantities are important combustion markers, their variations can be used to
quantify the nature of cyclic combustion variations.

12.4 Cyclic Variations in Cylinder Pressure and AHRR
Schedules

In the following sections, the discussion will focus on representative SOIs, i.e., 355
CAD (retarded SOI—classical dual fuel combustion, more similar to conventional
diesel combustion), 330 CAD (“premixed” enough or partially premixed combustion
(PPC) dual fuel combustion, similar to RCCI combustion), 310 CAD (dual fuel LTC,
where extremely low NOx is realized), 280 CAD (dual fuel LTC characterized by
significant combustion instability). All the data presented are for the same overall
MEF of 80%, at a constant engine load of 5.1 bar IMEP, and engine speed of
1500 rev/min with intake charge temperature and pressure maintained at 30 °C and
1.5 bar, respectively, and with diesel injection pressure at 500 bar. The first set of
plots shows the comparisons between crank-resolved cylinder pressure and apparent
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heat release rate (AHRR) that was ensemble averaged for 1000 cycles for an “average
cycle” and cycle-to-cycle variations of crank-resolved cylinder pressure AHRR over
1000 individual cycles. Figure 12.5a, b shows the differences between the cylinder
pressure for an “averaged cycle” and the actual cycle-to-cycle variations for dual fuel
LTC at 280 CAD SOI. The first observation that is of significant importance is about
the average cycle. The typical practice of finding an “average cycle” assumes that the
overall behavior of the combustion process can be adequately represented by a
mathematical average cycle. While this assumption works well for conventional
combustion processes that do not suffer significant cyclic variations, the assumption of
an “average cycle” skews the understanding of the advanced combustion processes,
particularly LTC regimes. For example, predictive CFD models that are RANS-based
focus on verification and validation based on an “average cycle”; however, it is clear
for advanced combustion processes such as dual fuel LTC, this practice maybe
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Fig. 12.5 a Ensemble-averaged cylinder pressure, b cycle-to-cycle variations in cylinder pressure
for 1000 consecutive cycles, c ensemble-averaged AHRR, d cycle-to-cycle variations in AHRR for
1000 consecutive cycles at diesel SOI = 280 CAD, MEF = 80%, speed = 1500 rev/min,
load = 5.1 bar IMEP, Prail = 500 bar, Pin = 1.5 bar, Tin = 30 °C
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inadequate. For instance, as seen in Fig. 12.5c, the “average cycle” AHRR shows a
distinct low-temperature heat release (LTHR) and a high-temperature heat release
(HTHR) phase that follows the LTHR. However, as seen in Fig. 12.5d, the cyclic
variations in the magnitude of peak LTHR and in the crank angle corresponding to the
start and centroid of LTHR are definitely smaller than the magnitude of peak HTHR
and the crank angle corresponding to the start and centroid of HTHR. This clearly
indicates that the start of HTHR development in dual fuel LTC at very advanced SOIs
is strongly influenced by and particularly sensitive to the thermodynamic state, i.e.,
pressure, temperature, local air-to-fuel ratios, and MEF of the in-cylinder mixture
while the centroid of HTHR is strongly dictated by the “local” fluid mechanic phe-
nomena, i.e., the local mixing rates at smaller scales with “too much” mixing
potentially leading to “slow” burn or “misfiring” cycles. At the same time, there exists
a significant number of cycles that are “fast” burn, which have been triggered by
favorable in-cylinder conditions; e.g., the correct amount of local stratification that
favors autoignition.

Similar observations are in order for the cylinder pressure and AHRR results for
310 CAD SOI shown in Fig. 12.6a, b. The cylinder pressure plot indicates sig-
nificant cyclic variations in the combustion process, at least until peak cylinder
pressures are attained. Under these conditions, it is believed that the state of the
in-cylinder mixture is “premixed enough” to support successful autoignition at 310
CAD SOI. Figure 12.6c clearly shows the average cycle for the AHRR where a
distinct LTHR phase is followed by a HTHR phase. The consistent observation
between Figs. 12.5c and 12.6c is that the location of the LTHR is almost unaltered
but the difference is in the location of the peak HTHR, which occurs at or very near
TDC at 310 CAD SOI, whereas at 280 CAD SOI, the phasing of peak HTHR is
about 10 CAD after TDC. This behavior is clearly seen in the cyclic AHRR
variations presented in Figs. 12.5d and 12.6d for 280 CAD SOI and 310 CAD SOI,
respectively. The fact that the development of the HTHR occurs within a few crank
angles after the end of LTHR indicates that the thermodynamic state of the mixture,
i.e., local air-to-fuel ratio, pressure, and temperature, is most conducive to support
autoignition. The only significant difference between 280 CAD SOI and 310
CAD SOI is the reduced time available for the injected diesel to mix with the
surrounding premixed methane–air mixture. This observation further corroborates
the fact that the extent of premixing needs to be just adequate to ensure successful
HTHR development. This is further reflected in that the magnitude of variations in
the crank angle corresponding to the start of HTHR and the peak AHRR and its
crank angle location are not as pronounced as observed with the 280 CAD SOI
case. However, this variation is sufficient for the existence of both “slow” and “fast”
burn cycles.

At 330 CAD SOI, the nature of combustion is significantly different as observed
from the average cycle results shown in Fig. 12.7. It is believed that this SOI is
typical of RCCI combustion as observed by other researchers (e.g., Walker et al.
2015). First, while the LTHR development is similar to the 310 CAD SOI case in
that its peak location occurs around 340 CAD, the interesting observation is the
occurrence of HTHR immediately after the end of LTHR. This observation lends
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further credence to the general observation that the local “reactivity,” which is in
turn influenced by the local thermodynamic state of the mixture such as local
air-to-fuel ratios, pressure, and temperature, is critical to the development of further
combustion. On observing the cyclic AHRR variations in Fig. 12.7d, it is pertinent
to point out that the LTHR variations are much smaller and the collective visual-
ization lends itself to a trend very similar to the LTHR trend in the average cycle.
However, the key takeaway is that the crank angle location of the start of HTHR as
well as its magnitude do not exhibit much variability in comparison to both the 310
CAD and 280 CAD SOI cases. Additionally, there appears to be a distinct second
phase of HTHR (similar in shape to the “mixing controlled” combustion phase in
diesel combustion) after 350 CAD, which is seen to exhibit significant cyclic
variability. This indicates that the local fluid mechanics plays a very important role
since it directly impacts local mixing rates.

Finally, Fig. 12.8a–d discusses the nature of combustion at 355 CAD SOI. It is
believed that the combustion at this SOI is closer to conventional diesel or dual fuel
combustion, which likely includes the development of a lifted nonpremixed flame.

(b)(a)

(d)(c)

Fig. 12.6 a Ensemble-averaged cylinder pressure, b cycle-to-cycle variations in cylinder pressure
for 1000 consecutive cycles, c ensemble-averaged AHRR, d cycle-to-cycle variations in AHRR for
1000 consecutive cycles at diesel SOI = 310 CAD, MEF = 80%, speed = 1500 rev/min,
load = 5.1 bar IMEP, Prail = 500 bar, Pin = 1.5 bar, Tin = 30 °C

12 Cyclic Combustion Variations … 345



The most prominent observation here is the absence of LTHR. The development of
the start of HTHR and its peak magnitude are very similar between the average
cycle and the superimposed 1000 cycles, and so are the consistency and repeata-
bility from one cycle to the next. The major variability is observed in the second
phase of the AHRR curve, which is likely dominated by methane combustion. This
indicates that the most important phenomenon that controls the overall AHRR
development for such retarded SOIs is likely the local fluid mechanics, i.e., the local
mixing rates. This observation is unique and different from all the previous SOIs,
indicating that local stratification in the unburned methane–air mixture is perhaps an
important contributing factor that governs the combustion process. Another
important feature of the 355 CAD SOI is that it has a prolonged combustion
duration compared to other SOIs.

Collectively, these observations also underline the need to adopt high-fidelity
simulation approaches such as using full-scale large eddy simulation (LES) models
to develop reliably predictive CFD models of dual fuel combustion, especially for
conditions that encounter significant cyclic combustion variations. Additionally,
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Fig. 12.7 a Ensemble-averaged cylinder pressure, b cycle-to-cycle variations in cylinder pressure
for 1000 consecutive cycles, c ensemble-averaged AHRR, d cycle-to-cycle variations in AHRR for
1000 consecutive cycles at diesel SOI = 330 CAD, MEF = 80%, speed = 500 rev/min, load =
5.1 bar IMEP, Prail = 500 bar, Pin = 1.5 bar, Tin = 30 °C
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they also indicate the need re-examine the current practice of using the “average
cycle” from experiments to verify and validate RANS-based CFD models. Perhaps,
a better approach maybe to validate the CFD models against the full spectrum of
cyclic experimental data obtained over a statistically significant number of engine
cycles. In this manner, the model predictions of cylinder pressure and AHRR
histories may be compared to see if they fall within the bounds of the “maximum”
and “minimum” experimental cylinder pressure and AHRR histories.

12.5 Parametric Characterization of Cyclic Variations

The plots in Figs. 12.9, 12.10, 12.11, 12.12, 12.13, 12.14, and 12.15 are key
measures of cyclic combustion variations. For instance, based on the observations
in the previous figures, i.e., Figs. 12.5, 12.6, 12.7, and 12.8, it is clear that the major
cyclic variations occur in the locations of the peak pressure (CaPmax), start of
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Fig. 12.8 a Ensemble-averaged cylinder pressure, b cycle-to-cycle variations in cylinder pressure
for 1000 consecutive cycles, c ensemble-averaged AHRR, d cycle-to-cycle variations in AHRR for
1000 consecutive cycles at diesel SOI = 355 CAD, MEF = 80%, speed = 1500 rev/min,
load = 5.1 bar IMEP, Prail = 500 bar, Pin = 1.5 bar, Tin = 30 °C
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HTHR (CA5), the magnitudes of peak cylinder pressure (Pmax), maximum pressure
rise rates (MPRR), peak HTHR, and the overall combustion duration (CA5-90).

Figures 12.9, 12.10, and 12.11 discuss the trends of CA50 versus CA5, CA5-90
versus CA5, Pmax versus CaPmax for the same set of SOIs (355 CAD, 330 CAD,

Fig. 12.9 CA5 versus CA50
for 1000 consecutive cycles at
diesel SOI = 280, 310, 330,
and 355 CAD, MEF = 80%,
speed = 1500 rev/min,
load = 5.1 bar IMEP,
Prail = 500 bar, Pin = 1.5 bar,
Tin = 30 °C
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Fig. 12.10 CA5 versus CA5-
CA90 for 1000 consecutive
cycles at diesel SOI = 280,
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310 CAD, and 280 CAD) plotted over 1000 consecutive cycles. Figure 12.9 when
viewed in conjunction with Figs. 12.5d, 12.6d, 12.7d, and 12.8d indicates that at
advanced SOIs, particularly at 280 and 310 SOI, there is a positive correlation
between CA5 and CA50 of each cycle for most cycles, i.e., an earlier CA5 likely
corresponds to an earlier CA50, and similarly a late CA5 likely corresponds to a
late CA50. However, it is to be noted that the CA50 phasing is generally between
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Fig. 12.11 Pmax versus
CaPmax for 1000 consecutive
cycles at diesel SOI = 280,
310, 330, and 355 CAD,
MEF = 80%,
speed = 1500 rev/min,
load = 5.1 bar IMEP,
Prail = 500 bar, Pin = 1.5 bar,
Tin = 30 °C

Fig. 12.12 Normalized
IMEP return maps for 1000
consecutive cycles at diesel
SOI = 280, 310, 330, and 355
CAD, MEF = 80%,
speed = 1500 rev/min,
load = 5.1 bar IMEP,
Prail = 500 bar, Pin = 1.5 bar,
Tin = 30 °C
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364 and 372 CAD; as a result, the closed-cycle-indicated efficiencies are expected
to be high (this was noted in the discussion of Fig. 12.1).

In contrast, at 330 CAD there is no correlation between CA50 dependence on
CA5, it seems that the occurrence of both CA5 and CA50 appears somewhat
“random,” indicating that the cyclic dependence of CA50 on CA5 is more

Fig. 12.13 Normalized CHR
return maps for 1000
consecutive cycles at diesel
SOI = 280, 310, 330, and 355
CAD, MEF = 80%,
speed = 1500 rev/min,
load = 5.1 bar IMEP,
Prail = 500 bar, Pin = 1.5 bar,
Tin = 30 °C

Fig. 12.14 (CA5-TDC)
return maps for 1000
consecutive cycles at diesel
SOI = 280, 310, 330, and 355
CAD, MEF = 80%,
speed = 1500 rev/min,
load = 5.1 bar IMEP,
Prail = 500 bar, Pin = 1.5 bar,
Tin = 30 °C
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stochastic. Also, the CA50 occurs much earlier than TDC (TDC corresponds to 360
CAD), thereby resulting in compromised closed-cycle-indicated efficiencies (con-
firmed by Fig. 12.1). Finally, at 355 CAD SOI, the CA5 location is consistent from
one cycle to another around 364 CAD (i.e., there is very little cyclic variability in
CA5) but the CA50 location is spread out between 372 and 380 CAD without any
specific pattern, indicating the existence of slow burn cycles that occur despite
relatively consistent diesel autoignition. As a result, the closed-cycle-indicated
efficiencies for 355 CAD SOI are vastly reduced (confirmed by Fig. 12.1).

These observations are further supported by Fig. 12.10 which shows combustion
duration or CA5-90 versus CA5. At 280 CAD and 310 CAD SOIs, the CA5 and
CA5-90 variations are somewhat similar in magnitude. The overall spread of the
combustion duration for the entire set of 1000 cycles is between 15 and 22 CAD at

Fig. 12.15 (CA50-TDC) return maps for 1000 consecutive cycles at diesel SOI = 280, 310, 330
and 355 CAD, MEF = 80%, speed = 1500 rev/min, load = 5.1 bar IMEP, Prail = 500 bar,
Pin = 1.5 bar, Tin = 30 °C
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280 CAD SOI and between 12 and 17 CAD at 310 CAD SOI; however, the
COVimep at 280 CAD SOI is 11%, while at 310 CAD SOI it is 3% indicating that
the overall combustion at 280 CAD SOI is extremely sensitive to initial conditions,
which are determined by the local air-to-diesel fuel ratios or local diesel energy
fractions at the time of high-temperature autoignition. Interestingly, the combustion
efficiency at 280 SOI is 74%, while at 310 SOI it is 79%. These trends indicate that
the combustion durations are shorter at 310 SOI compared to 280 SOI but exhibit
similar variability. Nevertheless, it is clear that shorter combustion durations do not
necessarily translate into vastly improved combustion efficiencies, indicating that
the combustion duration is not a good measure of “completeness” of the com-
bustion process. Additionally, despite 280 and 310 CAD SOIs exhibiting similar
variability in combustion durations (approximately 5–7 CAD), the impact of these
fluctuations on cycle-by-cycle-indicated torque (or COVimep in Fig. 12.1) is sig-
nificantly higher at 280 SOI.

Figure 12.11 is a classic re-interpretation of a plot originally plotted by
Matekunas in his seminal paper (25) where he discusses the modes and measures of
cyclic variability in classical flame propagation-induced SI engine combustion. It is
interesting to note that the shape of this plot is very similar to that observed by
Matekunas. At 355 CAD SOI, the magnitude of peak cylinder pressure is fairly low,
about 70 bar, and the peak occurs around 6 degrees after TDC at 366 CAD. The
magnitude of variations of both Pmax and CaPmax is minimal. Also, CaPmax occurs
within a few degrees after CA5, which indicates that the maximum cylinder
pressure occurs a few degrees after the high-temperature autoignition event. But,
CA50 occurs around 372–378 CAD, or CaPmax occurs before CA50.

According to Matekunas, the occurrence of CaPmax before CA50 is a charac-
teristic of “slow burning” cycles. Whereas, at 330 CAD SOI, the magnitude of Pmax

is much higher, 104–110 bar, and CaPmax is closer to TDC around 361–362 CAD.
Also, from Fig. 12.9 it is seen that CA5 is around 345 CAD and the CA50 is around
352–354 CAD. This indicates that CaPmax occurs after CA50, which according to
Matekunas’ observations, signifies that combustion is characterized by “fast
burning” cycles. At 310 CAD, the magnitude of Pmax is between 92 and 102 bar
with CaPmax between 363 and 367 CAD. Also, from Fig. 12.9 CA50 at 310
CAD SOI is between 359 and 365 CAD. This indicates that for some cycles, the
CaPmax precedes CA50 and that for other cycles CaPmax occurs after CA50 clearly
confirming the presence of both “slow burn” and “fast burn” cycles. Furthermore, at
280 CAD SOI, the magnitude of Pmax is between 72 and 96 bar with CaPmax

between 363 and 371 CAD. Also, from Fig. 12.9 CA50 at 280 CAD SOI is
between 364 and 372 CAD. This clearly confirms that CaPmax can either precede or
occur after CA50 for almost any cycle with equal probability, thereby lending
further credence to the observation that at 280 CAD SOI the combustion is char-
acterized by significant cyclic fluctuations (due to the large variations seen in Pmax)
with a wide distribution of both “slow burn” and “fast burn” cycles.

Figures 12.12 and 12.13 discuss the first-order return maps of normalized IMEP
and normalized cumulative heat release (CHR) between cycle “n” and cycle
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“n + 1” for 280, 310, 330, and 355 CAD SOIs. Before analyzing Figs. 12.12 and
12.13, we define normalized IMEP(n) and CHR(n) of the nth cycle in Eqs. 12.1 and
12.2, respectively.

Normalized IMEP nð Þ ¼ IMEP nð Þ
Max IMEP n ¼ 1. . .1000ð Þð Þj j ð12:1Þ

Normalized CHR nð Þ ¼
R h¼EOC
h¼SOI AHRR nð Þdh

max
R h¼EOC
h¼SOI AHRR n ¼ 1. . .1000ð Þdh

� ��
�
�

�
�
�

ð12:2Þ

As discussed in the literature review, return maps are excellent visual aids to
identify “random” and “deterministic” patterns in cyclic variations. In particular, the
information gleaned from “deterministic” patterns from return maps maybe extre-
mely useful in designing feedback controllers (Finney et al. 2015). The patterns in
both of these figures transition from being almost “triangular” at 280 CAD SOI to
nearly “circular” at 330 CAD SOI, and finally to almost like a “shot gun blast” at
355 CAD SOI. It is instructive to note that Wagner et al. (2001) observed such
“shotgun blast” distributions in normalized IMEP at near stoichiometric equiva-
lence ratios in an SI engine. They concluded that such a distribution corresponded
to a nearly “random” (i.e., predominantly stochastic) trend in cyclic variations, and
as a result very little cyclic control may be accomplished even with a feedback
controller. However, the “triangular” distribution is an artifact of a more deter-
ministic component of cyclic combustion variability, which likely occurs at con-
ditions that are very close to a “limiting” physical constraint.

For 280 CAD SOI, this might correspond to local air-to-diesel fuel ratios near
the lean limit to support sustained autoignition. This also indicates that there are
“poor” combustion cycles characterized by low IMEP (slow burn cycles) followed
by cycles of “rebound” with high IMEP (fast burn). This is further corroborated by
the observation in Fig. 12.13 where the CHR alternates between nearly a 50% burn
to higher than a 95% burn (or vice versa), clearly indicating the presence of “slow”
or “incomplete” burn and “fast” or “complete burn” cycles at 280 CAD SOI. This
observed behavior also lends further credence to the very high COVimep at 280
CAD SOI. At 310 CAD and 330 CAD SOIs, the patterns are more “circular”
indicating that the behavior of the cyclic variations is more “random” and less
“deterministic.” Again, at 355 CAD, the CHR distribution shows that a majority of
the cycles are clustered around in a shot gun blast pattern with incomplete burn
(centered around 75% fraction of maximum CHR). This helps clarify the reason for
the high unburned HC emissions observed at 355 SOI.

Figures 12.14 and 12.15 are return maps of CA5-TDC and CA50-TDC,
respectively. It should be noted that in Fig. 12.14, the CA5 is phased with respect to
TDC with the understanding that for the range of SOIs swept, CA5 occurs before
TDC except for the most retarded SOI of 355 CAD, where the CA5 occurs after
TDC (see Fig. 12.9). As a consequence, positive values in Fig. 12.14 indicate that
the CA5 for 355 CAD SOI occurs after TDC for most combustion cycles. Also,
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“zero” in Fig. 12.13 indicates that the CA5 coincides with TDC. In Fig. 12.15, the
CA50 is also phased with respect to TDC with the understanding that for most of
the SOIs swept in this study CA50 occurs after TDC, except for the 330 CAD SOI
where it occurs before TDC. As a consequence, negative values in Fig. 12.14
indicate that the CA50 occurs before TDC. Similarly, “zero” in Fig. 12.14 corre-
sponds to CA50 coinciding with TDC. Figures 12.14 and 12.15 are important
visual aids that serve to explain the evolution of combustion behavior over a wide
range of SOIs. In particular, they can be used effectively to unearth the “cause–
effect” relationships that govern the nature of cyclic combustion variations at LTC
conditions. For instance, in Fig. 12.14 at the SOI of 355 CAD, the CA5 (or
high-temperature autoignition location) is fairly consistent from one cycle to
another and it occurs after TDC. This is evident from the fact that for a given value
of (CA5-TDC) for cycle n, the extent of variation in the corresponding values of
(CA5-TDC) for cycle n + 1 is minimal. The same observation is valid for 330
CAD SOI. However, at 280 CAD SOI, for a given value of (CA5-TDC) for cycle n,
the corresponding value of normalized CA5 in cycle n + 1 can assume many
different values, i.e., it is quite likely that there is considerable cyclic dispersion in
CA5 from one cycle to the next. This reinforces the original thought process that at
SOIs that are typical of LTC conditions (advanced from TDC), the critical process
that drives the combustion evolution or high-temperature autoignition is extremely
sensitive to local conditions, i.e., local air-to-diesel fuel ratio, and local thermo-
dynamic conditions. The CA5 behavior at 310 CAD SOI is very similar to that at
280 CAD SOI; however, the extent of variation is considerably smaller.

Figure 12.15 discusses CA50 behavior. For instance, at 355 CAD SOI, the
combustion phasing is far removed from TDC (or after TDC) and the corresponding
cyclic dispersion in CA50 is minimal. This, in combination with observations from
Fig. 12.11 where the Pmax magnitudes are low, corroborates the fact that the
indicated efficiencies are expected to be low and are not likely to vary significantly
from one cycle to another. Similarly, at 330 CAD, the combustion phasing is well
before TDC and the corresponding cyclic dispersion in CA50 is minimal. However,
the consistently high magnitudes of Pmax (Fig. 12.11) from one cycle to another
ensure that the indicated efficiencies are not compromised severely from one cycle
to another. But at 280 and 310 CAD SOI, the combustion phasing or CA50 is after
TDC; however, the cyclic dispersion in CA50 is also high. When taken together
with Fig. 12.14, at 355 CAD and 330 CAD, the CA5 is invariant from one cycle to
another, but the corresponding variations in CA50 at these timings are
non-negligible leading to the conclusion that cyclic variations in CA50 are not
caused by cyclic variations in CA5. However, at 280 CAD and 310 CAD SOI,
inconsistent and high cyclic variations in CA5 are correlated with inconsistent
cyclic variation trends in CA50 or combustion phasing. This leads to the hypothesis
that low cyclic dispersion in CA5 does not necessarily imply consistency or low
cyclic dispersion in CA50; however, high cyclic dispersion in CA5 trends seems to
result in high cyclic CA50. This hypothesis needs to be evaluated rigorously with
additional targeted experiments and supporting high-fidelity CFD simulations to
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unearth the nature of high-temperature autoignition and subsequent combustion at
LTC conditions.

12.6 Concluding Remarks

Dual fuel engines offer a lot of promise in terms of yielding very high fuel con-
version efficiencies with very low emissions. However, the limiting scenario is
observed to be high cyclic combustion variations, leading to high HC and CO
emissions. The primary cause of these cyclic variations is most likely “limiting”
behavior brought about by inconsistent local diesel fuel–air mixing, which results in
inconsistent ignition quality (CA5) from one cycle to another. Inconsistent CA5 is
found to exert a cascading effect on the subsequent combustion development
(CA50 and CA5-90). Strategies to mitigate cyclic combustion variations could
involve ensuring a consistent level of local spatial stratification between the highly
reactive (high cetane) fuel and the less reactive (low cetane) fuel. For diesel–
methane dual fuel combustion, this would translate to ensuring appropriate levels of
local diesel-to-methane fractions such that the dual fuel combustion process is
“premixed enough” to keep NOx and smoke emissions low while avoiding higher
cyclic variability, that could lead to high HC or CO emissions. Based on the
investigations presented in this chapter, it also appears that conventional
RANS-based CFD investigations may prove inadequate to characterize the com-
plete nature of dual fuel LTC.
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Chapter 13
Emissions Control Technologies
for Natural Gas Engines

A. Wahbi, A. Tsolakis and J. Herreros

Abstract In recent years, there has been a rising interest in alternative cleaner
low-carbon fuels as they have a significant potential in decreasing the harmful
exhaust emissions and contribute in decarbonising transportation. Natural gas
(NG) is one of the most promising alternative fossil fuel that has been widely
investigated in internal combustion (IC) engines. It is expected that global con-
sumption of NG from 2015 to 2040 will rise 1.4% annually, accounting for the
largest increase in world primary energy consumption. In this chapter, a review of
the performance of NG-fuelled internal combustion engines, exhaust emissions
produced from the combustion of natural gas engines and aftertreatment systems
used to control those emissions is performed. In addition to the reduction of carbon
dioxide (CO2) from NG fuelling, lower levels of unburnt hydrocarbons (HC) and
particulate matter emissions (PM) than conventional petrol and diesel engines have
also been reported. However, they tend to produce higher nitrogen oxide (NOx) and
methane (CH4) emissions which are difficult to oxidise, particularly at engine
operation at stoichiometric conditions. On the other hand, the slow flame speed of
NG is a major problem under lean-burn operation as it increases cycle-to-cycle
variations, significantly compromising engine efficiency. The addition of hydrogen
enhances the combustion of NG in addition to improving engine stability and
reducing exhaust emissions. The difference in combustion, emission characteristics
and aftertreatment systems of stoichiometric, lean-burn and hydrogen-enriched
natural gas engines is outlined.
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13.1 Introduction

In recent years, there has been a growing concern regarding environmental pollu-
tion despite the advances in technology, with the transport sector being one of the
major contributors of emitted pollutants and greenhouse gases. Emissions such as
carbon dioxide (CO2), unburnt hydrocarbons (HC), oxides of nitrogen (NOx) and
particulate matter emissions (PM) are all produced from the combustion of fossil
fuel. Their adverse impact on climate change and human health has led to the
introduction of increasingly stringent regulations that restrict the emission limits of
automobiles. Accordingly, vehicle industries are continuously researching and
rapidly developing emission control technologies that not only meet the rigorous
emission standards introduced worldwide such as that set by the Environmental
Protection Agency (EPA), and the EURO 6 standards, but also to satisfy consumer
demands by delivering lower fuel consumption without compromising vehicle
power or drivability.

Despite the environmental deterioration and global warming effect caused by the
burning of fossil fuels, their use is projected to account for 77% of energy utilisation
in 2040 (Fig. 13.1) (Eia.gov 2018). The use of gaseous and alternative fuels in
internal combustion engines has therefore seen an increased interest in the last
decade as they emit lower levels of exhaust emissions. Natural gas could play a
leading role in the world’s transition to a cleaner energy. It is currently the third
primary energy fuel globally and the only fossil fuel whose share of primary energy
consumption is projected to grow with NG consumption increasing by 1.4% per
year (Eia.gov 2018; World energy resources 2016).

The increased interest in NG is also due to the abundant proved reserves and
increased production of NG, as shown in Fig. 13.2 making it a strong competitor to
liquid fuels. Globally, there were 186.6 thousand cubic metres (tcm) of proven NG
reserves in 2016, an increase of 19.2% from 2004 levels, which is sufficient to meet

Fig. 13.1 World energy consumption by energy source (Eia.gov 2018)
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more than 50 years of current global production of NG. By region, Middle-East
leads the proved reserves followed by Europe with 30% of the total reserve shares
while Europe has the highest global production shares commanding up to 28.2%.
Low-carbon economy maps are set out worldwide. For instance, the European
Commission set out a low-carbon economy roadmap that aims to cut greenhouse
gas emissions in the transport sector over 60% by 2050 from 1990 levels
(Communication from the Commission to the European Parliament 2011) and using
NG as vehicle fuel can help meet this aim. The Euro 5 and Euro 6 emissions
standards for diesel and gas engines studied on a transient test cycle are detailed in
Table 13.1. With the introduction of the new Euro 6 heavy-duty emission stan-
dards, emissions of NOx were significantly reduced by 77% from Euro 5 levels.
Non-methane HCs were reduced by 71%, while methane emission from NG
engines was reduced by 55% and as NG vehicles are required to meet both limits,
methane emission control aftertreatment devices will be needed. In addition, the
particle mass limit was reduced by 67% in the new Euro 6 emission standard which
also introduced a particle number limit for the first time (not applicable for
gas-fuelled engines).

These worldwide regulations will no doubt present a challenge for vehicle
manufacturers to meet and will lead to the introduction of new engine technologies
and aftertreatment systems or a combination of the two to guarantee the lowest

Fig. 13.2 a Global natural gas reserves (tcm), b Regional production share of natural gas
Reproduced from BP statistical review of world energy (2017), World energy resources (2016)

Table 13.1 European emission standards for heavy-duty gas engines

Emission limits (g kWh−1) Euro 5 Euro 6

CO 4.0 4.0

NOx 2.0 0.46

NMHC 0.55 0.16

CH4 1.1 0.5

PM 0.03 0.01

Test cycle European transient cycle World harmonised transient cycle
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emissions, even under the most severe driving conditions. In the following sections,
engine combustion and performance of natural gas in spark-ignition (bi-fuel) and
compression-ignition (dual-fuel) engines are reviewed. In addition, an analysis of
the exhaust products emitted from these engines and the various engine technolo-
gies and aftertreatment systems currently used to control them are described.

13.2 Natural Gas in Spark-Ignition (SI) Engines

13.2.1 Combustion of Natural Gas SI Engines

The advantage of natural gas as a vehicular fuel is that it can be utilised in both
spark-ignition and compression-ignition engines. The typical combustion and
physical properties of natural gas, gasoline and diesel fuels are outlined in
Table 13.2. The majority of natural gas vehicles currently in use are retrofitted or
converted from gasoline spark-ignition engines by adding a NG storage, supply and
injection system, hence retaining the capability of being switched back to gasoline
fuel (Chen et al. 2018). Although the fuel energy content in terms of mass, indicated
by the lower heating value (LHV), of natural gas is higher than that of gasoline
(49.5 MJ/kg for NG compared to 44.5 MJ/kg for gasoline), the engines suffer
power reductions in the magnitude of 10–15% (Chen et al. 2018). This is attributed
to several reasons. The volumetric heating value (VHV) of the natural gas–air
mixture, which determines the amount of heat converted into mechanical work in
the engine cylinder, is about 12% lower than that of gasoline–air mixture (Chen
et al. 2018). In addition, the comparatively lower density of natural gas as compared
to liquid fuels results in lower volumetric efficiencies (10–15% lower) as natural gas
replaces a larger volume of air in the intake manifold upon injection. This limits the
amount of air that can be induced into the combustion chamber and consequently
less fuel is burnt leading to a reduction in power output (Korakianitis et al. 2011;
Evans and Blaszczyk 1997).

Moreover, methane has a slower flame propagation speed as compared to
gasoline under typical cylinder charge temperatures and pressures which extends
the ignition delay time of the fuel–air mixture (Korakianitis et al. 2011; Thurnheer
et al. 2009). Therefore, very advanced spark timing is employed in NG-fuelled
engines which can be up to 10 CAD earlier before top dead centre (BTDC) com-
pared to gasoline operation (Thurnheer et al. 2009). This further reduces the total
power produced per engine cycle as the pre-ignited charge is working against the
piston during the compression stroke. In addition, natural gas SI engines have
comparatively lower thermal efficiencies to that of gasoline engines due to the
relatively slower burning velocity of natural gas which reduces combustion tem-
peratures. Therefore, gasoline engines that are converted to run on NG must be
modified in order to compensate for the power loss caused by NG fuel. Engines
fuelled with natural gas can run on higher compression ratios, which in combination
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with forced induction (turbocharging or supercharging) allows for increase in
thermal efficiency and power output by up to 50% compared to engines that are
fuelled with gasoline (Cho and He 2007). This is because the octane number of
natural gas, which is defined as a measure of fuel’s resistance to auto-ignition, is
higher than gasoline’s (120 for methane and 95 for gasoline). Fuel with high octane
number is essential for SI engines in order to avoid engine knocking, which can
lead to engine damage if severe. In most applications to date, the method adopted in
introducing NG to the engine is through port fuel injection into the intake manifold
(Korakianitis et al. 2011). However, the engine suffers a loss in volumetric effi-
ciency due to the low density of natural gas as discussed earlier. Direct injection of
natural gas into the combustion chamber after the air induction avoids the loss in
volumetric efficiency associated with port fuel injection as there is no air dis-
placement occurs in the intake manifold (Sevik et al. 2016). Moreover, the fuel-lean
operating limit of natural gas engines can be extended with the adoption of direct
injection with lower cycle-to-cycle variations resulted as compared to port fuel
injection (coefficient of variation in indicated mean effective pressure is about 5%
lower) (Korakianitis et al. 2011). This is due to an increase in charged motion as a
result of the higher in-cylinder pressures caused by direct injection of natural gas, in
addition to the locally fuel-rich mixtures near the spark plug which accelerates
flame propagation. However, this results in an increase in combustion temperatures
which favours NOx formation.

13.2.2 Exhaust Emissions from Natural Gas SI Engines

Natural gas is regarded as a cleaner form of energy compared to liquid fossil fuels
as it emits comparatively lower CO2 levels per unit energy during combustion (by

Table 13.2 Typical physiochemical properties of natural gas, gasoline and diesel fuels (Kakaee
and Paykani 2013)

Fuel properties Natural gas Gasoline Diesel

Low heating value (MJ/kg) 48.6 43.5 42.5

Heating value of stoichiometric mixture (MJ/kg) 2.67 2.78 2.79

Cetane number – 13–17 52.1

Octane number 130 85–95 –

Auto-ignition temperature (°C) 650 310 180–220

Adiabatic flame temperature (°C) 1890 2150 2054

Stoichiometric air–fuel ratio (kg/kg) 17.2 14.56 14.3

Flame propagation speed (m/s) 0.41 0.5 –

Flammability limit in air (vol.% in air) 5.3–15 1.4–7.6 1–6

Carbon content (%) 75 85.5 87

Hydrogen content (%) 25 12–15 16–33
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20–30%) than coal or petroleum fuels (Kakaee and Paykani 2013; Bielaczyc et al.
2016; Semin and Bakar 2008). This is mainly due to the composition of natural gas
with methane being its main constituent (typically 70–90%), leading to a low C/H
ratio (1/4). A detailed composition of natural gas is given in Fig. 13.3. In addition,
CO and non-methane hydrocarbon emissions produced from natural gas engines are
generally lower than naturally aspirated gasoline engines (Kakaee and Paykani
2013; Korakianitis et al. 2011). The majority of CO emissions from gasoline
engines are produced during cold start due to poor air–fuel mixing and incomplete
atomisation and vaporisation of the liquid fuel (Jahirul et al. 2010). Conversely, the
gaseous state of NG leads to a more homogenous air–fuel mixture inside the
engine’s cylinder especially during cold start conditions, resulting in a more effi-
cient combustion and significantly lower CO emissions (between 50 and 90%
depending on engine calibration) (Sevik et al. 2016). The lower equivalence ratio
adopted by natural gas engines results in a further reduction in CO concentrations
and unburned non-methane hydrocarbon levels (by up to 55% less HC) (Semin and
Bakar 2008). An opposite trend is seen at extremely low equivalence ratios because
of deterioration in combustion quality. Moreover, the wall-wetting effect on intake
manifold and cylinder liner is avoided due to the gaseous state of natural gas which
further reduces non-methane hydrocarbon levels and reduces fuel consumption
(Cho and He 2007). The comparatively higher compression ratios and advanced
ignition timing adopted by natural gas-fuelled engines lead to higher NOx emissions
(by around 33%) than that of conventional gasoline engines (Aslam et al. 2006).
This is due to the relatively higher in-cylinder pressure and temperature resulted
which favours the formation of NOx. The increase in NOx emissions can be miti-
gated by retarding the spark timing; however, it will be at the expense of higher
brake-specific fuel consumption. Therefore, a compromise among engine perfor-
mance, exhaust emissions and fuel consumption have to be considered when
deciding on the optimal engine operating parameters.

A major concern regarding NG engines is their methane emission as they pro-
duce large concentrations of methane gas. Hydrocarbon emissions in the USA are
regulated in terms of their reactivity in the photochemical smog cycle, and although
methane gas has no role in photochemistry or smog formation, it is considered a
powerful greenhouse gas (global warming potential of methane is more than 20

88.10% 

4.20% 
1.36% 

0.30% 
0.06% 0.78% 

5.20% 
Methane 

Ethane 

Propane 

Butane 

Pentane 

Carbon 
Dioxide 88.10% 

4.20% 
1.36% 

0.30% 
0.06% 0.78% 

5.20% 
Methane 

Ethane 

Propane 

Butane 

Pentane 

Carbon 
Dioxide 

Fig. 13.3 Detailed
composition of natural gas
Reproduced from Kakaee and
Paykani (2013)

364 A. Wahbi et al.



times higher than CO2 over 100 years) (US 2018). This is primarily caused by the
slow flame propagation of natural gas which induces incomplete combustion and
hence large amounts of unburnt natural gas escape through the combustion chamber
(Ehsan 2006). This phenomenon is typical of engines converted to run on natural
gas but is not optimally modified in terms of engine calibration (e.g. spark timing,
injection timing) (Chen et al. 2018; Reynolds and Evans 2004). In addition,
methane’s reactivity is comparatively slower than most other longer-chain hydro-
carbons, which makes it difficult to be removed in a typical three-way catalyst. With
regard to PM, NG engines produce very low levels compared to gasoline and diesel
engines (up to 95% less) as it does not contain any aromatic compounds such as
benzene and has less dissolved impurities that contribute to the formation of PM
(Semin and Bakar 2008). Hence, vehicles running on natural gas fuel should fulfil
the emission limits of PM set out in the Euro 6 regulations. However, a new study
has found that exhaust particles emitted from natural gas engines were observed to
have peak diameters below 10 nm (2–5 nm range) and they were higher in number
than particles with a peak diameters larger than 23 (Alanen et al. 2015). Therefore,
it is important to take into consideration the peak diameter size range of 1–5 nm in
order to get the full picture of natural gas emitted PM.

13.3 Current NG Emission Control Technologies in SI
Engines

13.3.1 Lean-Burn Versus Stoichiometric Natural Gas
Engines

The control of exhaust gases emitted from natural gas internal combustion engines
can be achieved through the careful control of the relative air–fuel ratio, lambda (k).
Engines that run on natural gas as fuel are generally of two types, lean-burn (k > 1)
and the more common stoichiometric (k = 1) combustion engines. Combustion of
lean-burn NG engines can achieve lower concentrations of NOx pollutants and a
better fuel economy than stoichiometric engines, but this is achieved at the expense
of higher HC and CO emissions (Karavalakis et al. 2016). The control of air–fuel
ratio is very important as it immensely influences engine performance and subse-
quently exhausts gas emissions. While running on fuel-rich mixtures results in
lower NOx concentrations, significantly higher CO and unburnt HC emissions are
produced due to the insufficient amount of oxygen available to oxidise the fuel.
Moreover, rich engine running condition is also undesirable due to the significant
fuel penalty it imposes. On the other hand, stoichiometric NG engines operate with
k = 1 or slightly less than 1. These engines produce significantly low levels of
non-methane hydrocarbons and CO emissions with some cost in fuel economy and
relatively high NOx emissions. A combination of exhaust gas recirculation
(EGR) and a three-way catalytic converter is used to mitigate and control exhaust
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emissions from stoichiometric NG engines (Karavalakis et al. 2016; Hajbabaei et al.
2013; Einewall et al. 2005; Saanum et al. 2007).

In a lean-burn engine, the air–fuel ratio is increased beyond k = 1.2 in order to
suppress NOx emissions (Saanum et al. 2007). However, there is a lean operating
limit beyond which acceptable engine performance can be maintained as the
cycle-to-cycle variations increase significantly with leaner mixtures. Conversely,
the optimal air–fuel ratio for HC emissions is reportedly between k = 1.05–1.2 as
sufficient oxygen concentration is available to oxidise the unburnt HCs, but NOx

emissions at this range (1.0–1.1) are at its highest (Einewall et al. 2005; Saanum
et al. 2007; Cho and He 2008). Still, HC emissions are easier to treat in the exhaust
of a lean-burn natural gas as opposed to NOx emissions by using an oxidation
catalyst. The excess of oxygen available with increasing lambda can enhance the
combustion of the air–fuel mixture leading to a complete combustion of unburned
HC and CO emissions. At the same time, increasing the air–fuel ratio increases the
time required for the initial flame development and hinders flame propagation
through the cylinder charge, causing longer ignition delay (Cho and He 2007). This
results in slower heat release rate, slow combustion velocity and deterioration in
combustion quality compared to that under stoichiometric conditions, thereby
increasing heat transfer losses to the cylinder walls. This has an adverse effect on
HC and CO emissions, as the combustion temperature in the cylinder drops hence
the improvement in oxidation of HC and CO with excess of oxygen is unrealised.
Even though the lean-burn engines are successful at reducing NOx emissions, the
technology is not practicable in real-life conditions as it is difficult to maintain a
high air–fuel ratio at transient situations (like acceleration and low engine speed). In
addition, as exhaust emissions are very sensitive to small changes in lambda value,
the accuracy of the air–fuel control system is critical. The control of air–fuel ratio in
a natural gas engine can be achieved using a wideband oxygen sensor. Due to its
precise determination of residual oxygen content, the engine control unit can effi-
ciently optimise fuel delivery and ignition timing for better fuel economy and
emission concentrations (Heck and Farrauto 2001; Alkemade and Schumann 2006).

13.3.2 Exhaust Gas Recirculation with Hydrogen
Enrichment

Exhaust gas recirculation (EGR) is an engine strategy commonly adopted by
gasoline and diesel engines for the reduction of NOx emissions. By employing
EGR, a portion of the engine’s exhaust gas is recirculated back to the cylinder
which decreases the amount of unburned fuel and oxygen concentration in the
combustion chamber, thus resulting in better fuel economy. The recirculated gas
displaces some of the inlet air resulting in a dilution of the inlet charge and an
increase in heat capacity which lowers the combustion temperature (Abdelaal and
Hegab 2012). The use of EGR in lean-burn natural gas engines can therefore
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achieve very low levels of NOx emissions, as along with the slow flame propagation
of natural gas, reduction in oxygen concentration and in-cylinder temperatures slow
down the combustion of the charge mixture even further. This, however, results in
higher HC, CO and PM emissions due to the colder combustion and the insufficient
oxygen available to oxidise these species. The deterioration in combustion quality
resulted from the EGR strategy can be ameliorated by the addition of H2. The high
flame speed of H2 has an opposite effect as it speeds up combustion of the mixture
charge resulting in increased combustion temperature and more complete oxidation of
HC and CO emissions. The combination of moderate EGR substitution with
hydrogen in NG engines can achieve significantly lower engine-out emissions. For a
15% H2–85% NG fuel mixture, increasing EGR substitution reduced NOx emissions
significantly as compared to the baseline NG combustion. On the other hand, HC
emissions reduced with increasing EGR up to an EGR substitution of 14% but
remained higher than baseline NG engine emissions (Dimopoulos et al. 2008).

13.3.3 Spark Timing

Modifying the spark timing can greatly influence the combustion process and
engine-out emissions. In a natural gas-fuelled engine, the fuel mixture does not
completely burn due to the slow flame speed of natural gas and therefore a spark
advance strategy must be implemented. The advance in spark timing employed in NG
engines can be between 2 and 10 CAD earlier BTDC compared to stoichiometric
gasoline-fuelled engines (Evans and Blaszczyk 1997; Ji and Wang 2009). For leaner
air–fuel mixtures, the spark energy transmitted to the cylinder charge in the vicinity of
the spark plug is reduced at spark discharge which increases the time required for
initial flame development (Cho and He 2009). In addition, the slow burning velocity
of natural gas especially at lean mixtures results in an increase in combustion duration
due to the low in-cylinder temperature causing a delay in ignition timing. Therefore,
lean-burn NG engines require much-advanced spark timing BTDC in order to offset
the ignition delay resulted with lean mixtures; however, this can also lead to knock
(Cho and He 2007). The optimal MBT spark advance for better fuel economy and
exhaust emissions depends on the variation of natural gas composition and the air–
fuel ratio where more spark advance is needed with leaner mixtures due to the slower
flame speeds (Evans and Blaszczyk 1997; Cho and He 2007). Early spark timing
increases THC emissions as the fuel mixture is ignited earlier and the combustion
duration is decreased. As the combustion duration is reduced, the temperature of the
burned gas is lowered during the expansion stroke which further impedes the oxi-
dation of the unburned fuel. Similarly, CO emissions follow the same trend with
advancing the spark timing as the homogeneity of the air–fuel mixture is decreased
due to the less mixing time. This induces incomplete combustion of the fuel in the
fuel-rich or fuel-lean regions, and thus, CO emissions increase. On the other hand,
NOx emissions have a decreasing trend with early spark timings due to the lower
combustion temperatures and lower burned gas temperatures resulted.
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13.3.4 Hydrogen-Enriched Natural Gas Engines

The exhaust emissions of CO, unburned HC and CH4 resulted from the slow
burning rate of natural gas can be further mitigated by the addition of another fuel
with a higher flame speed velocity. The combustion characteristics of natural gas
engines can be enhanced by the addition of hydrogen in the intake charge (Alrazen
and Ahmad 2018). The addition of small amounts of hydrogen concentrations in
natural gas-fuelled combustion engines can lead to significant improvements in
term of combustion stability, engine performance and levels of exhaust emissions.
Table 13.3 details the combustion properties of hydrogen.

The higher burning rate of hydrogen as compared to natural gas leads to an
increase in cylinder temperatures as the air–fuel mixture can be burnt more rapidly
speeding up the combustion process (Açıkgöz et al. 2015). This is partially due to
the increase in concentrations of H and OH radicals that increase combustion
reactivity and lead to a faster flame propagation through the cylinder charge and
hence more fuel is burnt (Chen et al. 2018; Korakianitis et al. 2011). This improves
engine in-cylinder conditions which reduces emissions of HC and CO due to the
more complete combustion. Compared to baseline natural gas engines,
hydrogen-fuelled engines can have lower CO emissions depending on engine
running conditions. With stoichiometric air–fuel ratio, the addition of H2 leads to an
increase in CO emissions while lean operating engines are expected to produce zero
CO concentrations (Alrazen and Ahmad 2018; Açıkgöz et al. 2015). The higher
in-cylinder temperatures resulted from the faster burn rate of the fuel mixture with
the addition of hydrogen lead to a reduction in unburnt THC, although methane
emissions remain high due to a big valve overlap angle (Alrazen and Ahmad 2018).
The low overall carbon content of hydrogen-enriched natural gas along with the
shorter quenching distance (distance between the position of flame extinguishment
and the cylinder wall) induced by hydrogen addition is another reason for the
reduction in HC emissions (Alrazen and Ahmad 2018; Açıkgöz et al. 2015).
However, hydrogen-enriched natural gas engines produce higher NOx emissions
due to increase in combustion temperature (Chen et al. 2018). The combination of
hydrogen addition with lean combustion and optimal spark timing in a natural gas
engine can reduce NOx exhaust emissions significantly without compromise in
engine performance. Ultra-lean combustion can be attained with the addition of H2

Table 13.3 Combustion
properties of hydrogen
(Mehra et al. 2017)

Fuel H2

Flammability limit in air (%vol.) 4–75

Flammability limits (k) 0.14–10

Auto-ignition temperature (°C) 585

Octane number 140

Stoichiometric air–fuel ratio 34.2

Laminar burning velocity (m/s) 2.9

Diffusivity in air cm3/s 0.63
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in lean-burn NG engines due to the favourable combustion characteristics of H2,
such as its wide lean flammability limit and fast flame propagation (Lee et al. 2014).
Hydrogen enrichment enhances the lean-burn capability of the NG engine and
allows for more retarded ignition timing due to the shorter combustion duration,
hence reducing the work done on the charge by the piston during compression
(Chen et al. 2018). In addition, the deterioration in coefficient of variation (COV) of
indicated mean effective pressure (IMEP) resulted from lean-burn operation is
improved with H2 addition because of the more volatile fuel mixture and
enhancement in combustion stability.

13.3.5 Aftertreatment System

As mentioned previously, lean-burn and stoichiometric combustion are the most
common technologies used for the best engine performance and emission control in
NG engines. However, these technologies alone cannot effectively reduce emissions
to the levels acceptable to the Euro 6 emission standard, and thus, natural gas
vehicles are equipped with exhaust aftertreatment technologies. In a stoichiometric
NG engine (air/fuel ratio, k = 1), the abatement of methane (CH4) and other engine
exhaust emissions (CO, NMHC, NOx) is achieved through a three-way catalyst
(TWC) technology adapted from a gasoline TWC (Karavalakis et al. 2016).
Currently, TWC technologies are very efficient in reducing exhaust emissions;
however, they require a stoichiometric mixture in order to work effectively which
induces drawbacks such as higher heat losses and pumping work at low-to-medium
engine loads. Thus, most stoichiometric NG engines are equipped with a
water-cooled EGR in order to dilute the stoichiometric mixture, allowing for a
better fuel economy (i.e. lower pumping losses) and reduced emissions with
combination of a TWC as compared to the lean-burn engines (Karavalakis et al.
2016; Einewall et al. 2005). The emission level of NOx and CO can be reduced by
10–30 and 360–700 times, respectively, with the use of the combined technology as
compared to lean-burn combustion (Mehra et al. 2017). Careful control of the air–
fuel ratio is, however, critical for the efficient operation of the TWC as the lambda
window for an acceptable trade-off between CO oxidation and NOx reduction is
very narrow (±0.01) (Einewall et al. 2005).

In addition, despite the very low HC concentrations emitted from natural gas
engines as compared to gasoline engines, methane emissions remain a considerable
issue. The majority of HC emissions produced by NG engines are composed of
methane. As methane presents high stability of the C–H bond, it is one of the most
unreactive hydrocarbons and is difficult to oxidise having a higher light-off tem-
perature as compared to the longer-chain hydrocarbons. Therefore, platinum-group
metals (PGMs), in particular palladium (Pd) and rhodium (Rh), are added to the
TWC composition in order to enhance the efficiency of CH4 oxidation and meet end
of life THC regulations (Raj 2016). When operating in stoichiometric conditions, a
Pd–Rh catalyst with high total PGM loadings (>200 g ft−3) can effectively remove
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methane emissions. A stoichiometric air–fuel ratio is required for the TWC to
simultaneously remove CO, NO and THC emissions. The performance of a
bimetallic Pd–Rh catalyst on the exhaust of a conventional gasoline engine and a
stoichiometric NG engine is illustrated in Fig. 13.4 as a function of engine lambda.
The catalyst exhibits a similar trend overall for NOx and CO conversions in both
engine cases. At stoichiometric conditions, the conversion efficiency of CO is close
to 100% while higher NOx conversions can be achieved with the NG engine as they
produce much lower engine-output NOx than their gasoline counterpart. In addition,
HC conversion is significantly improved (95% efficiency) at stoichiometric con-
ditions. The low HC conversion efficiency in the NG engine case in the lean
condition is attributed to the poor combustion of NG at excess air, and therefore, the
catalyst is exposed to high amounts of unburnt CH4 which is difficult to oxidise
(Karavalakis et al. 2016).

In a lean-burn NG engine, while the control of non-methane HC and CO
emissions can be achieved with the use of an oxidation catalyst, NOx emissions and
methane are more difficult to remove in lean conditions. Therefore, catalytic
aftertreatment systems such as selective catalytic reduction (SCR) are necessary for
lean-burn natural gas engines in order to comply with the Euro 6 emission stan-
dards. However, this is a rather complex and costly system and hence vehicle
manufacturers could potentially favour the stoichiometric engine with TWC despite
its inferior engine performance (Cho and He 2007). The coupling of an NH3–SCR
(selective catalytic reduction with ammonia as reducing agent) with an oxidation
catalyst based on palladium and platinum oxides has shown a great potential in the
abatement of exhaust emissions produced from lean-burn NG heavy-duty vehicles
(Adouane et al. 2013). The combined catalytic performance was able to achieve
40% CH4 conversion at 415 °C while CO and NOx conversions reached 99 and
70%, respectively (Adouane et al. 2013). No aftertreatment systems are required for
PM emissions for both lean-burn and stoichiometric NG engines due to the almost
homogeneous combustion of the air–gas mixture and the absence of large hydro-
carbon chains and aromatics in the fuel (Karavalakis et al. 2016).

Fig. 13.4 Performance of an aged Pd:Rh TWC at 450 °C as a function of lambda on:
a Stoichiometric Gasoline engine, b Stoichiometric NG engine (Raj 2016)
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13.4 Natural Gas in Compression-Ignition (CI) Engines

13.4.1 Combustion and Performance of Dual-Fuel CI
Engines

The increasing concern regarding exhaust emissions produced from diesel engines
has led to advancements in the utilisation of alternative fuels in CI engines. Natural
gas has proved to be a very promising and attractive alternative fuel for both
environmental and economical reasons. As compression-ignition engines employ
high compression ratios, the high octane number of methane warrants its use in CI
engines without experiencing the knock phenomenon (Abdelaal and Hegab 2012).
However, the high auto-ignition temperature of natural gas limits its use as a 100%
feasible replacement for diesel fuel in compression-ignition engines. An important
fuel property for CI engines is the cetane number, which is a measure of a fuel
ignition delay period; the higher the cetane number, the shorter time required for the
fuel combustion process to be started. Methane, which is the main component of
natural gas, has a very low cetane number compared to diesel fuel (40–55 for diesel
while negligible for methane) as shown in Table 13.2, which significantly affects its
ignition quality. Thus, the employment of NG fuel in CI engines requires a source
of controlled ignition which aids in initiating natural gas combustion in the
cylinder. This is provided by injecting small amounts of ‘pilot’ fuel with a high
cetane number into the cylinder, where it blends with a premixed natural gas/air
charge. This mode of operating natural gas with a pilot fuel (typically diesel or
biodiesel) is commonly known as dual-fuelling in compression-ignition engines.

In the dual-fuel mode, direct injection of diesel fuel into the combustion chamber
is employed late in the compression stroke, while natural gas is introduced into the
intake manifold to mix uniformly with air before being introduced into the cylinder
(Gogolev and Wallace 2018; Khan et al. 2015; Bhandari et al. 2005; Wei and Geng
2016). In SI engines, the low flame speed of natural gas leads to increased com-
bustion duration as there is only one source of ignition (spark plug) and hence the
flame propagates from a single point outwards through the charge (Korakianitis et al.
2011). In dual-fuel CI engines, the problem is less apparent. Dual-fuel mode com-
bustion is characterised by two different combustion stages: non-premixed combus-
tion of the pilot diesel fuel followed by combustion of natural gas–air mixture
(Abdelaal and Hegab 2012). After an initial ignition delay, combustion of the pilot
diesel fuel takes place first which then ignites the natural gas, producing multiple
ignition points throughout the chamber. This instigates flame propagation, resulting
in a relatively faster burn rate producing most of the energy released during com-
bustion. It is possible to achieve more than 80% reduction of diesel fuel with the
dual-fuel mode as compared to conventional diesel engines with the pilot diesel fuel
accounting for 2–3% of the total injected fuel energy in some studies (Wei and Geng
2016). A schematic diagram of the dual-fuel mode is illustrated in Fig. 13.5.

With regard to combustion performance of dual-fuel natural gas CI engines,
peak in-cylinder pressure and pressure rise rate for the dual-fuel are lower than
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conventional diesel engines during the initial combustion period (Sun et al. 2015),
while cycle-to-cycle variations are of similar tendencies (COV of IMEP of 1%)
(Korakianitis et al. 2011). This is attributed to the slower rate of natural gas
combustion and longer ignition delay of the dual-fuel which shifts the combustion
phase further into the expansion stroke, thus reducing peak in-cylinder pressure and
pressure rise rate. As natural gas is port-injected, the dual-fuel mode suffers from
significantly lower engine power output as opposed to conventional diesel engines
(Gogolev and Wallace 2018). Moreover, combustion efficiency of premixed flame
is very sensitive to the air–fuel ratio where it is optimal around stoichiometric
conditions. However, in dual-fuel mode, premixed combustion of natural gas–air
mixture suffers from very lean mixture which deteriorates combustion efficiency
reducing peak value of in-cylinder pressure (Abdelaal and Hegab 2012). Increasing
the quantity of the pilot diesel fuel and advancing the injection timing can help in
enhancing combustion of the dual-fuel due to the higher ignition source supplied to
the engine cylinder and the increase in energy released during compression stroke
with advanced injection. This results in an increase in heat release rate and con-
sequently higher peak in-cylinder temperature and pressure. An alternative method
of injecting natural gas into the engine cylinder is through the High-Pressure Direct
Injection (HPDI) technology. In the HPDI mode, both the pilot diesel and natural
gas fuels are directly injected into the combustion chamber, thus avoiding knock
limitations and subsequent power losses resulted from the port injection in the
dual-fuel mode (Gogolev and Wallace 2018; Wei and Geng 2016). A small quantity

Fig. 13.5 Natural gas/diesel dual-fuel system schematic diagram
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of pilot diesel is initially injected into the combustion chamber which then
auto-ignites under compression providing the ignition source for NG combustion.
This is shortly followed by direct injection of natural gas which is then ignited by
the diesel fuel’s diffusion flame and burns in a predominantly non-premixed
combustion event (Gogolev and Wallace 2018; Wei and Geng 2016). This mode of
injecting natural gas achieves similar thermal efficiencies and power output to that
of an equivalently sized diesel engine while providing better fuel economy.
However, the dual-fuel injector system is more complicated as it requires a special
concentric needle operating at high pressures in order to inject the two fuels. As
such, combustion and emission characteristics of the dual-fuel mode will be the
point of focus in this chapter.

13.4.2 Exhaust Emissions from Dual-Fuel Combustion

Depending on engine running conditions, dual-fuelling in CI engines can result in
significant reduction in exhaust NOx emissions with respect to conventional diesel
engines (Korakianitis et al. 2011). In a dual-fuel engine, the production of NOx

emissions is mainly due to the combustion of the non-premixed pilot diesel fuel. As
the quantity of the pilot diesel fuel is considerably small, NOx levels are signifi-
cantly lower than those of conventional diesel engines. Hence, as the combustion of
natural gas occurs late in the expansion stroke, the amount of NOx emitted from
dual-fuel CI engines greatly depends on the quality and quantity of the pilot fuel
(Korakianitis et al. 2011). In addition, the low flame speed of natural gas combined
with the very lean mixture in the dual-fuel mode reduces in-cylinder combustion
temperatures and suppresses NOx formation. Alternatively, hydrocarbon emissions
resulted from incomplete combustion of the dual-fuel engine are substantially
higher than in conventional diesel engines especially at low engine loads due to low
charge temperatures. While at high engine loads unburned HC concentrations
decrease due to the higher in-cylinder temperatures induced by the more complete
combustion, concentrations remain much higher than that of normal diesel engines.
This is primarily due to the very lean air–fuel ratios adopted in CI engines which,
along with the slow flame speed of NG, hinder flame propagation through the
mixture charge (Korakianitis et al. 2011; Sun et al. 2015). The bulk of the HC
emissions consist of unburned natural gas that might have got trapped in the cre-
vices, survived the combustion process and escaped to the exhaust. Decreasing the
percentage of natural gas substitution leads to a rapid decrease in HC concentra-
tions. As the pilot diesel fuel quantity increases, spray atomisation characteristic is
enhanced and a higher proportion of diesel fuel is ignited, leading to a more
complete combustion of the air–fuel mixture. CO emissions from dual-fuel CI
engines follow a similar trend to HC emissions. Remarkably higher concentrations
of CO are emitted from dual-fuel combustion as compared to diesel engines. The
development of flame extinct regions caused by deterioration in flame propagation
favours the CO formation mechanism due to the incomplete oxidation of the
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premixed natural gas–air mixture (Sun et al. 2015). Particulate matter emissions are
one of the major concerns of diesel engines and the use of natural gas with pilot fuel
injection may well contribute in meeting PM regulations for diesel engines. Natural
gas has lower carbon atoms than diesel and does not contain aromatic compounds
such as benzene which contributes to the formation of PM. Hence, most of the PM
emissions formed from dual-fuel engines resulted from the combustion of the pilot
diesel fuel. However, the quantity of the pilot fuel is very small, which in addition
to the more homogenous air–fuel mixture caused by the longer ignition delay
results in lower soot formation (Sun et al. 2015). Therefore, dual-fuel mode pro-
duces very low levels of PM emissions compared to diesel engines (up to 95% less)
(Semin and Bakar 2008).

13.5 Current NG Emission Control Technologies in CI
Engines

13.5.1 Exhaust Gas Recirculation (EGR)

The use of EGR in dual-fuel engines can partially enhance the lower thermal
efficiency and reduce the comparatively higher CO and unburned HC emissions
depending on engine running conditions while resulting in even lower NOx emis-
sions (Abdelaal and Hegab 2012). By using EGR, the inlet charge is diluted as part
of the exhaust replaces some of the inlet air which reduces oxygen levels while
combustion temperature is reduced due to an increase in the heat capacity. These
combined effects lead to reductions in NOx levels. In addition, with the adoption of
EGR, the unburned exhaust gas is recirculated back into the engine cylinder where
it is expected to reburn in the following cycle. This results in lower levels of
unburned HC and a subsequent reduction in CO emissions particularly at low
engine loads, while higher thermal efficiencies are also realised. Increasing EGR
percentages will lead to further reductions in HC emissions as larger amounts of
unburned HCs are recirculated and reburned in the mixture. The slight increase in
the intake charge temperature and the reburning of the HCs resulted with EGR
application induces a more complete combustion of the fuel which results in CO
emission reductions. At high engine loads, HC reduction with EGR is negligible
due to the reduced oxygen levels in the combustion chamber which hinders the
reburning of the unburned HCs. This also has an adverse effect on CO and PM
emissions due to the insufficient O2 available for CO oxidation and hence an
increase in these emissions is seen at high loads (Abdelaal and Hegab 2012).
Moreover, the in-cylinder peak pressure reduces substantially with higher EGR
percentages as more O2 is replaced by carbon dioxide and water vapour which
hinders the combustion of the dual-fuel and increases ignition delay.
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13.5.2 Pilot Fuel Quantity and Type

Evidently, the pilot fuel is the main source of ignition in a dual-fuel NG engine and
hence the quality and type of pilot fuel used will greatly affect engine combustion
performance. In the dual-fuel natural gas engines, the bulk of the exhaust emissions
are produced from the ignition of the pilot fuel. As mentioned in Sect. 13.4.2, when
the pilot fuel quantity is small, unburned HC emissions as well as CO emissions are
comparatively higher than that of conventional diesel engines as the flame cannot
propagate throughout the whole cylinder charge in the excessively lean mixture.
Increasing the quantity of the pilot fuel increases the envelope size of the pilot fuel
mixture and provides a greater multitude of ignition centres that require shorter
flame travel which shortens ignition delay; hence, a larger volume of the charge is
ignited (Imran et al. 2014; Namasivayam et al. 2010). Moreover, the unburned fuel
is compressed to a higher temperature with larger pilot energy release which
increases in-cylinder temperatures and enhances the oxidation of the fuel leading to
a reduction in HC and CO concentrations (Liu et al. 2013). This effect is more
evident at low engine loads, whereas at high loads pilot fuel quantity has little effect
as the gaseous fuel concentration in the air charge is above the lean combustion
limit which leads to faster flame propagation through the cylinder charge. On the
other hand, NOx emissions increase with increasing pilot fuel quantity due to the
higher charge temperatures resulted (Abd Alla et al. 2000). Similarly, increasing the
NG fuel concentration in the cylinder charge leads to higher NOx concentrations as
the size of the combustion zone increases significantly (Abd Alla et al. 2000). In
addition, as PM emissions from dual-fuel NG engines are mainly formed during the
diffusion combustion process of the pilot fuel, an increase in pilot fuel quantity will
result in a subsequent increase in PM concentrations (Liu et al. 2013).

Several alternative fuels have been investigated as potential replacement to the
conventional pilot diesel fuel in dual NG engines in order to reduce exhaust
emissions of HC, CO and NOx. Biodiesel fuels such as rapeseed oil methyl esters
(RME) performance as a pilot fuel is reportedly like that of diesel with both engine
performance and exhaust emissions showing very comparable trends (Imran et al.
2014; Nwafor 2000). Still, the use of RME as a pilot fuel for natural gas CI engines
produced lower NOx levels compared to diesel which is attributed to the higher
cetane number of RME. The higher cetane number of RME as compared to diesel
results in shorter ignition delay and thus less time available for premixed com-
bustion leading to lower in-cylinder temperature and resulted NOx emissions (Imran
et al. 2014). Other biodiesel fuels have been well researched in the literature and
have also shown similar trends in terms of their performance and emissions. This is
due to the similar physical and combustion properties of biodiesel as compared to
diesel fuel (Abd Alla et al. 2000). On the other hand, the use of dimethyl ethers
(DME) as an alternative pilot fuel showed positive reductions in NOx emissions due
to the lower combustion temperatures resulted from the cooling effect upon
injection of the gaseous DME fuel. In addition, the slower flame propagation
coupled with the longer ignition delay of the DME pilot fuel as compared to liquid
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fuel slows down the rate of combustion and thus produce lower NOx levels.
However, this also leads to higher HC and CO levels (Namasivayam et al. 2010).
These results indicate that natural gas combustion is responsible for most of the
combustion enthalpy in the dual-fuel mode and the pilot fuel only acts as an ignition
source to initiate combustion.

13.5.3 Varying Pilot Fuel Injection Timing

The injection timing of the pilot fuel plays a major role in defining the combustion
and emission characteristics of dual-fuel NG engines. Retarding the injection timing
means that the combustion of the fuel mixture occurs later in the cycle and more
fuel burns after TDC which decreases the peak cylinder pressure. As the pilot fuel
combustion is delayed with retarding the injection timing, incomplete combustion
of the fuel mixture occurs as the in-cylinder temperature is too low for the flame to
propagate throughout the combustion chamber. This leads to the production of
higher HC and CO emissions (Abd Alla et al. 2002). On the other hand, slightly
advancing the injection timing leads to an earlier start of the combustion process
and increases the peak cylinder pressure resulting in higher peak charge tempera-
tures as more fuel is burned before TDC (Abd Alla et al. 2002). In addition,
advance in the start of injection (SOI) timing leads to a longer ignition delay as the
pilot diesel fuel is injected at lower cylinder temperatures which result in a
reduction in unburned hydrocarbons. This is attributed to the fact that the longer
ignition delay provided more time for diesel to mix with the surrounding natural
gas–air mixture which results in a more homogenous charge in the cylinder. In
addition, it allowed for a fuller spray penetration and development while creating a
larger amount of air–fuel mixture prior to ignition which results in multiple ignition
regions throughout the cylinder (Sahoo et al. 2009; Zhou et al. 2013). These
multiple ignition regions lead to an increase in flame propagation resulting in higher
burning rates and shorter combustion duration. As the burning rate of the larger
premixed air–fuel region increased, CO unburned HC emission levels were
reduced. However, an increase in NOx emissions is resulted with advancing the
injection timing due to the higher maximum charge temperature. When the injection
timing is too advanced, misfire and partial oxidation may occur as the in-cylinder
temperature is not sufficiently high enough to ignite the injected fuel. In addition,
excessive ignition delay will cause the diesel–air mixture to be too lean due to
over-mixing of the spray which deteriorates flame propagation and prolongs the
start of combustion (Zhou et al. 2013). This results in lower in-cylinder temperature
and heat release rate which induces incomplete combustion of the fuel, hence
increasing HC and CO emissions while reducing NOx emissions. The effect of
injection timing on the characteristics of PM emissions is apparent with a significant
increase in the number of particles with advancing the injection timing while the
particle mass concentration exhibits a decreasing trend. The longer ignition delay
period and the more homogenous air–fuel mixture formed with advancing the
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injection timing increase the formation of smaller particles while the higher
in-cylinder temperatures resulted enhance the oxidation process. Thus, this leads to
a reduction in the particle mass concentration but an increase in the number of
particles (Zhou et al. 2013).
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Chapter 14
A Review of Residential-Scale Natural
Gas-Powered Micro-Combined Heat
and Power Engine Systems

Gokul Vishwanathan, Julian Sculley, David Tew and Ji-Cheng Zhao

Abstract A combined heat and power (CHP) system typically employs a prime
mover generator that produces electricity on-site and utilizes waste heat energy to
supplement a site’s thermal load requirements. Micro-CHP, notionally defined as
CHP systems with a capacity lower than 50 kW, offers an alternative, and in some
cases a complementary, solution to centralized power generation. A micro-CHP
system would be typically installed at a residential or small commercial site where it
would consume fuel such as diesel or natural gas to generate electricity locally and
further use the rejected waste heat for local heating, air-conditioning, and/or
humidification needs. This is in contrast to the rejected heat being dissipated at
centralized power plants using cooling towers. The combined efficiency of primary
energy usage for such systems can be higher than 90% on a fuel lower heating value
(LHV) basis. Since a large fraction of the electricity generated from all the cen-
tralized power plants is consumed by the residential and commercial sectors, CHP
implementation in these sectors can have a huge impact on both energy savings and
carbon dioxide (CO2) emissions’ reduction. Apart from these benefits, decentralized
CHP as a form of distributed electricity generation offers numerous advantages such
as reduced electrical grid stress, reduced electricity transmission and distribution
losses, and potentially improved resiliency of the electricity grid. Various tech-
nologies including reciprocating internal combustion engines, Stirling engines,
Brayton cycle engines, Rankine cycle engines, fuel cells, and solid-state devices
such as thermoelectric generators and thermionic generators can be used as

G. Vishwanathan (&) � J. Sculley
Booz Allen Hamilton, Washington, DC 20005, USA
e-mail: vishwanathan_gokul@bah.com

D. Tew � J.-C. Zhao
Department of Energy, Advanced Research Projects Agency-Energy (ARPA-E)
United States, Washington, DC 20585, USA

J.-C. Zhao
Department of Materials Science and Engineering, The Ohio State University,
Columbus, OH 43210, USA

© Springer Nature Singapore Pte Ltd. 2019
K. K. Srinivasan et al. (eds.), Natural Gas Engines, Energy, Environment,
and Sustainability, https://doi.org/10.1007/978-981-13-3307-1_14

381

http://crossmark.crossref.org/dialog/?doi=10.1007/978-981-13-3307-1_14&amp;domain=pdf
http://crossmark.crossref.org/dialog/?doi=10.1007/978-981-13-3307-1_14&amp;domain=pdf
http://crossmark.crossref.org/dialog/?doi=10.1007/978-981-13-3307-1_14&amp;domain=pdf
mailto:vishwanathan_gokul@bah.com
https://doi.org/10.1007/978-981-13-3307-1_14


micro-CHP systems. This chapter provides a detailed technological review of
engine-based micro-CHP systems and further presents the challenges and oppor-
tunities for achieving high fuel conversion efficiency.

Keywords Combined heat and power � Internal combustion engines
Stirling engines � Brayton cycle engines � Micro-cogeneration � Micro-CHP
Natural gas generators � Distributed generation

14.1 Introduction

Micro-combined heat and power (CHP) systems have the potential to reduce the
energy and emissions burdens associated with the provision of electricity, heat, and
cooling services to our homes and small businesses. They also have the potential to
enhance the reliability of the electricity supplies of their owners through their
redundancy with the electric grid. However, the societal-level energy, emissions,
and reliability value propositions that these systems could offer through their
widespread deployment are currently at risk due to the high installed costs of these
systems versus the energy cost savings benefits that they generally offer. This
chapter offers a review of the state of the art of micro-CHP systems for residential
applications and discusses several ongoing development programs that are seeking
to enhance their energy and economic value propositions and thereby enable their
widespread market adoption and the realization of the society-level energy, emis-
sion, economic, and reliability value propositions that they can offer.

CHP systems offer their energy, emissions, and reliability value propositions via
their on-site generation of electric power and subsequent productive utilization of
waste heat from the generation process for local space and/or water conditioning
purposes. These systems (typically) convert the heating value of natural gas into
electricity and useful thermal energy and can do so at combined overall (i.e.
electricity + thermal energy) lower heating value (LHV) basis efficiencies that are
in excess of 90%. This efficiency is well in excess of the average 2017 US central
plant electricity generation efficiency of 33.6% (Energy Flow Charts 2018).
Furthermore, a large (>60%) percentage of US utility-generated electricity is gen-
erated from fossil fuels, and the associated CO2 emissions were 2 billion metric tons
of CO2 in 2014, which was roughly 38% of total US CO2 emissions (Carbon Flow
Charts 2018). Consequently, the widespread deployment of CHP systems across the
residential and commercial sectors could have significant primary energy usage and
CO2 emissions reduction benefits, since a combined 74% of the electricity gener-
ated by centralized power plants is consumed by these sectors (Energy Flow Charts
2018).

However, despite these potential benefits, less than 500 of the 58.6 million US
homes with natural gas have installed micro-CHP systems (EIA 2018; Guyer 2015).
The best-performing small-scale CHP engine (*1.2 kW electrical power) has a
fuel-to-electrical conversion efficiency of about 26.3% (based on fuel LHV) and a
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total CHP efficiency of 92% (Honda Worldwide|Power Products 2018), but the
estimated installed cost is more than $10,000. This system is sufficient to supply the
base electric load of many residences, and hence, these residences would be
independent of grid electricity during off-peak periods. Tapia-Ahumada et al.
(2013) performed a detailed sensitivity study of the penetration of CHP technolo-
gies over a 20-year time frame as a function of micro-CHP capital cost (product
cost and not installed cost1). It can be inferred from their study that CHP systems
can have a significant impact on the residential sector only when the capital cost is
less than $4,000 per kW of electricity generation. Beyond this value, the market
penetration shrinks significantly as the economics of the system becomes
unattractive to potential residential customers.

A recent study by the authors (Vishwanathan et al. 2018) assessed the value
proposition of residential CHP in the USA. The study selected a few cities from the
seven Building America Climate Zones (2018) and calculated customer payback
periods using a variety of scenarios that perturbed the technical parameters of a
hypothetical residential CHP system installed in a 2,500 sq. ft. single-family home.
The baseline scenario assumed a variable fuel-to-electrical conversion efficiency
with respect to the electrical load and a peak efficiency of 40%. The total CHP
efficiency (sum of fuel-to-electrical conversion efficiency and thermal efficiency)
was assumed to be 80%. It was assumed that the 1-kW system followed the resi-
dential electrical load and had a total installed cost of $4,500. The conclusions from
this study were that the tradeoffs between system size, cost, and efficiency are
extremely important in developing the right product for each climate zone. The
baseline scenario showed that it was possible to achieve a payback of less than
10 years in regions where the spark spread2 was high (e.g. Los Angeles) or in cold
climates where there was significant need for heating throughout most of the year
(e.g. Boston, Denver, and Chicago), as illustrated in Fig. 14.1 (Vishwanathan et al.
2018). Finally, it was concluded that a maximum primary energy saving of 0.6
quadrillion BTU in the USA can be achieved with a total installed system cost of
$2,500.

Thus far, micro-CHP technologies have had substantially greater market success
in Japan and somewhat better success in the European Union (especially Germany)
(Ashurst 2016). Specifically, while the USA can claim 500 residential micro-CHP
systems, roughly 50,000 units were installed in Japan in 2015 alone and Germany
accounts for over 80% of the micro-CHP sales in the European Union. The
enhanced market penetration in Europe and Asia is driven at least in part by
supporting government policies and incentives—including net metering, tax
incentives, up-front grants, subsidized natural gas (NG) prices, and favorable tariff
structures. Barbieri et al. (2012) concluded that the marginal cost for a micro-CHP

1The gross installed cost of the CHP system includes the product cost and system installation cost.
2According to the US Energy Information Administration (EIA) Web site, spark spread is defined
as “the difference between the price received by a generator for electricity produced and the cost
of the natural gas needed to produce that electricity.”
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system, with respect to a traditional boiler, must be*3,000 €/kW for the system to
be economically attractive in Italy. In their study, it is assumed that traditional
household boilers will be replaced by micro-CHP systems. Their analysis evaluated
a number of potential micro-CHP system technologies and predicted a > 20%
primary energy savings in two single-family home scenarios for Italy. They fur-
thermore concluded that Stirling engine micro-CHP systems provided the most
potential energy cost savings. Fubara et al. (2014) performed a mathematical
modeling and optimization study at the building level and the overall energy supply
network level for NG-fueled micro-CHP systems employing solid oxide fuel cells
(SOFC), Stirling engines, and internal combustion engines (ICEs). At the building
level, the micro-CHP system was connected to the external gas and electric net-
works and served the needs of the building. The overall energy supply network
simulations included gas production assets, power stations, gas and electricity
distribution networks, and building-level domestic energy users. A detailed case
study for the UK domestic energy supply was performed for four different resi-
dential house sizes for a) cost-driven strategy, obtained by maximizing net present
value, and b) primary energy-driven strategy, obtained by maximizing savings in
primary energy consumption. A 3–6% reduction in primary energy
(NG) consumption was estimated with the cost-driven strategy with SOFC
micro-CHP systems, while a 6–10% reduction in primary energy
(NG) consumption was estimated with the primary energy-driven strategy with
Stirling engine micro-CHP systems.

Ren and Gao (2010) performed an economic and environmental evaluation of
micro-CHP systems for residential buildings in Japan. In their analysis, they con-
sidered both a 1-kW NG engine and a 1-kW fuel cell system that were optimized to
operate for (a) minimum annual energy cost and (b) minimum CO2 emissions. The

Fig. 14.1 Customer payback analysis performed for ten cities in seven climate zones in the USA
(Vishwanathan et al. 2018)
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fuel-to-electrical conversion efficiencies of the gas engine and the fuel cell were
assumed to be 20 and 37%, respectively. When the systems were operated for
minimum annual energy cost, the gas engine resulted in 24% savings while the fuel
cell resulted in 26% savings. When the systems were operated with an eye on
maximizing the environmental benefit, the gas engine resulted in a 2% reduction in
CO2 emissions while the fuel cell resulted in a 9% reduction in CO2 emissions.
Thus, their analysis showed that fuel cell systems were more effective than the NG
engines from both an economic and environmental standpoint.

Given that there is a general consensus that micro-CHP can lead to economic
and energy savings, this chapter is dedicated to the review and analysis of
NG-powered micro-CHP engine systems. This chapter is organized into two main
sections. Section 14.2 presents a detailed review of small-scale engines that are
relevant to residential CHP, and Sect. 14.3 discusses the technical challenges and
opportunities for small-scale engines. This chapter reviews ICEs, Stirling engines,
Brayton cycle engines, and micro Rankine cycle engines as applicable to
micro-CHP applications. It is noted here that fuel cells are one of the most
sought-after technologies for CHP as they can deliver higher fuel-to-electrical
conversion efficiency (30–60%) at small (1–1.5 kW) scales (Maghanki et al. 2013).
However, they are not reviewed in this chapter as their economics are thought to be
severely challenged at small scales due to their high capital and maintenance costs
(Sevier 2015).

14.2 Review of the State of the Art for Small CHP Systems

The following classes of generators are reviewed in their respective subsections,
viz. reciprocating ICEs, Stirling engines, Brayton cycle engines, and micro-Rankine
cycle engines.

Reciprocating ICEs are good candidates for micro-CHP applications from fuel
conversion efficiency and load-following capability standpoints. However, they
require periodic maintenance in terms of oil change, replacement of spark plugs
and/or fuel injectors, and occasional replacement of power cylinder components
and emissions after-treatment devices. Spark-ignited NG ICEs can be broadly
classified as stoichiometric and lean burn ICEs. Stoichiometric ICEs (without
exhaust gas dilution) tend to be lower in fuel conversion efficiency as compared to
lean burn ICEs (for reasons discussed in Sect. 14.3); however, stoichiometric ICEs
tend to have lower tailpipe-out emissions as a low-cost catalytic converter can be
used to oxidize carbon monoxide (CO) and hydrocarbons (HC) while simultane-
ously reducing oxides of nitrogen (NOx). Lean burn engines are plagued with
higher engine-out emissions of CO and HC; however, they lead to lower engine-out
NOx emissions due to lower combustion flame temperatures. Since lean burn
engines are characterized by lower exhaust gas temperatures, exhaust
after-treatment devices with high conversion efficiencies at traditional catalyst
light-off temperatures (*200–250 °C) or even lower temperatures are required.
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This is an active and ongoing research area in the ICE community. The limiting
factors for high-efficiency ICEs include high heat transfer losses due to the large
surface area-to-volume ratios at small scales, incomplete combustion, and friction
losses. Stoichiometric ICEs are better suited for load following when compared to
lean burn ICEs. Finally, ICEs are well suited to operate with NG with fairly constant
composition (e.g. methane number and fuel lower heating value) and will require
sophisticated combustion controls to accommodate significant variation in fuel
composition. This is critical from a product development perspective as the quality of
natural gas varies for each state (and sometimes with season) within the USA.

Stirling engines have the ability to operate for a long period of time without
requiring significant maintenance, as evidenced by those employed in space
applications, and are characterized by low noise operation. They tend to have lower
fuel conversion efficiencies as compared to reciprocating ICEs and are not typically
suitable for load following due to their high thermal inertia. However, since it is an
external combustion engine, a Stirling engine is robust to changes in fuel compo-
sition as it is a heat engine that only requires a temperature differential to operate. In
addition, the emissions generated from typical Stirling engine combustors are lower
when compared to ICEs. NOx emission formation is potentially averted due to
lower combustion flame temperatures. HC and CO emissions are mitigated due to
the higher residence time that is available for their oxidation, when compared to
ICEs. Achieving efficient heat transfer between the combustion system and the
Stirling engine working fluid is recognized as the chief limiting factor for the
development of a high-efficiency Stirling engine. Consequently, the lower
fuel-to-electrical conversion efficiency of a Stirling engine will lead to higher heat
being rejected from the system (through exhaust gases and coolant), which can be
recovered for residential heating. Hence, Stirling engines are better suited for
regions with a large thermal load requirement.

Brayton cycle engines are arguably the least mature technology at residential
CHP scale. Micro-turbines are the most common Brayton cycle engines employed
for micro-CHP applications and are essentially low-powered versions of gas tur-
bines that are used for power generation. Typical power outputs of micro-turbines
range from tens to a few hundred kW but are generally considered more mature for
applications over 20 kW. To the best of our knowledge, there is only one com-
mercially available micro-turbine product that is less than 5 kW. Some major
hurdles that make micro-turbines (employing traditional radial type turbomachin-
ery) inefficient are: (1) small-scale effects leading to high viscous losses in the
turbine passages due to low Reynolds number flow, (2) manufacturing tolerances
and bearing limitations at high rotational speeds, (3) higher heat transfer due to high
surface-to-volume ratios, and (4) high mechanical or parasitic losses. Recuperated
Brayton cycle engines, which employ a recuperator for harvesting exhaust gas
energy for heating combustion air, are more efficient and expensive as compared to
non-recuperated Brayton cycle engines. Thus, Brayton cycle engines at the 1–
10 kW scale have low fuel conversion efficiency when compared to ICEs and
consequently are better suited for regions with a large thermal load requirement.
Like Stirling engines, Brayton cycle engines are also more robust to changes in fuel
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composition when compared to ICEs. The emissions generated from Brayton cycle
engines are also potentially lower when compared to ICEs for the same reasons
stated above for Stirling engines.

Table 14.1 provides a summary of various state-of-the-art generators in each of
these categories and their performance metrics including LHV-based

Table 14.1 Summary of the state-of-the-art generators for CHP with capacity less than 10 kW
(Honda Worldwide 2018; Barbieri et al. 2012; De Paepe et al. 2006; Aisin 1.5 kW internal
combustion engine CHP 2016; CP5WN 2018; CP10WN 2018; Qnergy SmartBoiler 2018; Guyer
2016; EnerTwin 2018) (https://www.mtrigen.com/, http://micro-chp.com/micro_chp_products.htm)

Electric
power
(kW)

Thermal
power
(kW)

Fuel
energy
(kW)

Electric
efficiency
(%)

Thermal
efficiency
(%)

ICEs
Honda Ecowill 1.0 3.3 5.0 20.0 66.0
Honda EXlink MCHP1.0K2 1.0 2.5 3.8 26.3 65.7
Aisin Coremo 1.5 3.7 5.8 26.0 64.0
AISIN SEIKI GECC46A2 4.6 10.6 18.0 25.6 58.6
Marathon Engine Systems’
ecopower

4.7 12.5 18.8 25.0 65.0

SenerTec. (Dachs.)
HKA G 5.0

5.0 12.1 19.2 26.0 63.1

Yanmar CP5WN 5.0 10.0 17.8 28.0 56.0
Yanmar CP10WN 10.0 16.9 31.5 31.5 53.5
M-TriGen PowerAire 45 3.4 13.0 29.6 11.5 43.9
M-TriGen PowerAire 65 6.0 16.7 37.9 15.8 44.1
M-TriGen PowerAire 85 8.0 21.5 48.9 16.4 44.0
Stirling engines
Microgen 1.0 6.0 7.4 13.5 81.1
Infinia 1.0 6.4 8.0 12.5 80.0
Baxi Ecogen 1.0 5.0 6.5 15.4 77.0
Navien HYBRIGEN 1.0 5.7 6.5 15.4 88.0
Stirling systems—
SOLO161

2.0 8.0 10.0 20.0 80.0

SUNMACHINE 3.0 10.5 14.9 20.1 70.5
Disenco 3.0 12.0 16.3 18.4 73.6
Qnergy SmartBoiler 7.2 39.6 47.1 15.3 84.0
Brayton cycle engines
MTT EnerTwin 3.2 15.6 20.0 16.0 78.0
Micro-Rankine cycle engines
Energetix 1.0 8.0 10.0 10.0 80.0
Flow energy’s flow boiler 1.0 11.2 13.0 7.7 85.8
OTAG 2.0 16.0 19.1 10.4 83.6
COGEN Microsystems 2.5 11.0 13.5 18.5 81.4

Note that the M-TriGen products are micro-combined cooling, heat, and power (micro-CCHP) systems
and their cooling loads are not included here
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fuel-to-electrical conversion efficiency and thermal efficiency (ratio of thermal
energy to fuel energy) (Honda Worldwide Honda Worldwide|Power products 2018;
Barbieri et al. 2012; De Paepe et al. 2006; Aisin 1.5 kW internal combustion engine
CHP 2016; CP5WN 2018; CP10WN 2018; Qnergy SmartBoiler 2018; Guyer 2016;
MTT EnerTwin 2018) (https://www.mtrigen.com/, http://micro-chp.com/micro_
chp_products.htm). The total CHP efficiency is the sum of the fuel-to-electrical
conversion efficiency and the thermal efficiency.

14.2.1 Internal Combustion Engines

ICEs are ubiquitous in numerous industrial, transportation, and power generation
applications through their high fuel to shaft power conversion efficiencies and their
relatively low cost. This efficiency advantage versus competing engine technologies
is evident in Fig. 14.2, where the ICEs are shown to have the highest electric

Fig. 14.2 Scatter plot of thermal versus electric efficiency for various CHP systems listed in
Table 14.1 overlayed on a contour plot of the maximum potential primary energy savings
assuming a baseline electrical grid efficiency of 33.6% (the US average in 2017) and a baseline
furnace efficiency of 90% (the marker size is proportional to the maximum electric output of the
system)
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efficiencies of the cycles represented. Two systems with industry-leading perfor-
mance at small scales are the Honda EXlink at 1 kW and the Yanmar CP10WN at
10 kW.

The Honda NG or liquid propane-powered Extended Expansion Linkage Engine
(EXlink) (Honda Worldwide 2018) employs an over-expanded Atkinson cycle
where the expansion stroke volume (163 cm3) is higher than the compression stroke
(110 cm3), which results in an increased in-cylinder work extraction. In addition,
the shorter intake stroke also results in lower pumping losses though at a marginal
cost of volumetric efficiency. Thus, the combined effects of increased expansion
work and reduced pumping losses result in a higher brake thermal efficiency (de-
fined as the ratio of the brake or shaft power to the fuel energy) for the engine. In
addition, the thermal efficiency is as high as 66% by improved cooling system
design and integration of the heat exchanger with the catalytic converter (or
three-way catalyst). Coupled with these benefits, the system is also quiet in oper-
ation with a noise level of 43 dBA. From a reliability standpoint, the maintenance
interval is around 6000 h of use or 3 years (whichever is earlier) due to the use of
long-life spark plugs and high-capacity oil tank. Recently, Honda has discontinued
ICEs from its portfolio of micro-CHP products in Japan as the Japanese market has
largely shifted toward fuel cells (Ashurst 2016, 2018).

The Yanmar CHP family of engines (CP5WN 2018; CP10WN 2018) employs
an over-expanded Miller cycle along with lean NG combustion (Yanmar mCHP
2016). The fuel-to-electrical conversion efficiencies for the 5 and 10 kW systems
are 28% and 31.5%, respectively, with more than 50% thermal efficiencies. Along
with high efficiency, lean NG combustion also results in low thermal NOx emission
as it reduces the in-cylinder flame temperatures. The noise levels for the 5 and
10 kW engines are 51 and 54 dBA, respectively, while the reported maintenance
interval for both the products is 10,000 h of operation.

Figure 14.3a, reproduced from Cullen and McGovern (2010), illustrates the
general trends in the fuel energy balance of industrial ICEs at various engine brake
powers at a constant speed of 1500 rpm. Figure 14.3b, reproduced from Muccillo
and Gimelli (2014), shows the estimated energy balance for a 15 kW ICE-based
CHP generator.

In Fig. 14.3a, the jacket water accounts for both engine friction and engine heat
transfer losses. It can be clearly seen that the heat transfer is highly nonlinear and
increases significantly (>35% of the total fuel energy) at low rated powers.
Moreover, the available exhaust energy has an inverse relationship with respect to
heat transfer; i.e. the fraction of exhaust energy decreases with a reduction in engine
power, while the converse is true for heat transfer. As the pie-chart in Fig. 14.3b
shows, the total irrecoverable losses account for about 14% of the fuel energy (sum
of alternator loss, wall heat transfer loss, and exhaust gas loss), thus yielding a total
CHP efficiency of 86%. However, only 28% of the fuel energy is converted into
electricity while the remaining energy is captured by the engine cooling circuit,
exhaust gases, and the radiator heat exchanger.

More recently, Taie et al. (2018) performed detailed analyses on the 1-kW
Honda Ecowill CHP system using the first and second law of thermodynamics. This
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work was funded by the US Department of Energy (DOE), Advanced Research
Projects Agency-Energy (ARPA-E). They performed both a CHP system-level and
an ICE-level energy and exergy flow analyses. Figure 14.4a–d [reprinted from Taie
et al. (2018)] shows the energy and exergy flows based on the first law and second
law analyses, for both the CHP and ICE systems. The three colored bars represent

Fig. 14.3 a Energy breakdown of industrial ICEs as a function of engine brake power reproduced
from Cullen and McGovern (2010) and b 15 kW ICE CHP energy breakdown reproduced from
Muccillo and Gimelli (2014)
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experimental tests that were conducted at three different facilities, illustrating the
experimental repeatability. A 23% fuel-to-electrical conversion efficiency is
obtained based on the first law analysis. The first law waste heat recovery
(WHR) energy from Fig. 14.4a represents the energy that can be captured for hot
water and space heating purposes. The WHR exergy as per Fig. 14.4b represents
the maximum fraction of the WHR energy that can be converted into useful work
using a bottoming cycle device such as an organic Rankine cycle. Figure 14.4c
shows the energy flows for the Honda Ecowill ICE prime mover. The Work term in
the figure represents the brake work, and the electrical work can be obtained after
the deduction of the generator/alternator losses (Gen) from the brake work. Part of
the exhaust (Exh) and heat transfer (HT) is captured as waste heat for heating.
Additional loss mechanisms include powertrain friction (Fric), incomplete com-
bustion (IC), and pumping losses (Pump). Finally, Fig. 14.4d shows the exergy
flows for the ICE. The exhaust exergy is split into exhaust thermomechanical
exergy (Exh TM) and exhaust chemical exergy (Exh CH). Notably, the exergy loss

Fig. 14.4 a Energy flows calculated by the first law analysis for the CHP system, b exergy flows
calculated by the second law analysis for the CHP system, c energy flows calculated by the first
law analysis for the ICE, and d exergy flows calculated by the second law analysis for the ICE
(Taie et al. 2018)
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due to combustion (Comb Irr) is a major loss mechanism predominantly due to
flame propagation in stoichiometric combustion.

Significant challenges exist to obtain high brake thermal efficiencies (and hence
high fuel-to-electrical conversion efficiency) from small-size and low-power ICEs
due to high surface-to-volume ratios that lead to high heat transfer. This can be
shown by a simple back-of-the-envelope calculation. Consider four different ICE
bore sizes (b = 0.1, 0.08, 0.05, and 0.025 m), a bore-to-stroke ratio of 0.8, an
engine speed of 1500 rpm, a thermal conductivity (K) of the in-cylinder fluid of
0.06 W/m/K, and a dynamic viscosity of the in-cylinder fluid (m) of 0.0001 m2/s;
the mean piston speed (Sp) can be calculated using the engine speed and stroke
length. The Nusselt number (Nu) and the convective heat transfer coefficient (h) can
be calculated using the Taylor correlation (Taylor 1985) as shown in Eq. (14.1).

Nu ¼ h � b
K

¼ 10:4 � Sp � b
#

� �0:75

ð14:1Þ

An average in-cylinder gas temperature of 1500 K and an oil temperature of
353 K were assumed for all the cases. The cycle-averaged heat transfer was cal-
culated using Eq. (14.2).

Q ¼ h � A � DT ð14:2Þ

where A is the reference area calculated using the cylinder bore and ΔT is the heat
transfer potential, which is the difference between the average in-cylinder gas
temperature and oil temperature. The brake power can be calculated using the
engine displacement and by assuming a constant power density of 65 kW/L for all
the cases. Figure 14.5 shows the ratio of the engine heat transfer to brake power as
a function of engine brake power. Though the model is rudimentary, it alludes to
meaningful insights into the relative contribution of fuel energy to engine heat
transfer and useful brake power. It is also interesting to note that the energy
associated with engine heat transfer is higher than the useful brake power for small
kW engines (<5 kW), a trend that is also shown in the experimental data in
Fig. 14.4c where HT is greater than the Work term. Additionally, at the small
engine scales, incomplete combustion is a significant contributor to inefficiency
predominantly due to flame–wall interaction (heat transfer between flame and cold
wall and subsequent flame quenching) and crevice flows.

In terms of costs, the Ecowill and EXlink systems are estimated to be about
$13,000 and $24,000, respectively, while the ecopower 4.7 kW is estimated to cost
about $24,000. These costs are based on customer input of those systems and just
serve as a ballpark indicator rather than precise values. Part of the reason for the
high cost of these systems is their low-volume production, which is expected to be
alleviated with increased penetration of residential CHP.

Thus, novel strategies for reducing in-cylinder heat transfer, incomplete com-
bustion, pumping, friction, and innovative combustion strategies are needed to
deliver higher fuel-to-electrical conversion efficiency for small-scale ICEs. In
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addition, a significant emphasis on the reduction of the total installed cost is nec-
essary to make these technologies feasible for residential customers. As noted by
Ashurst (2016), the ICE system cost is about 60% of the total installed cost to the
customer.

14.2.2 Stirling Engines

Stirling engines are arguably the most mature external combustion engines that
have penetrated the CHP market. Table 14.1 shows the efficiency of several
commercially available Stirling engines for less than 10-kW micro-CHP applica-
tions. As seen from the table, all the Stirling engines have less than 20%
fuel-to-electrical conversion efficiency at 1 kW. It is important to note that the total
CHP efficiency can exceed 90% for such systems. The total CHP efficiency of the
Navien HYBRIGEN system is claimed to be more than 100% on a LHV basis (note
the efficiency is less than 100% on a fuel higher heating value basis) due to the use
of a condensing boiler for heat capture.

Figure 14.6a, reprinted from Valenti et al. (2014), shows a Sankey diagram for a
Stirling engine generator with typical system losses. A significant portion of fuel
energy is lost in the exhaust gases and some to the burner cooling water, while the
remaining portion of the fuel energy is used as heat input to the Stirling engine. The
ratio of the useful heat input to the fuel energy represents the combustor efficiency
(ηcomb). Furthermore, the fraction of the useful heat input, which is converted into
mechanical work by the Stirling engine working fluid (after taking into account the
engine heat transfer loss) represents the Stirling engine indicated closed-cycle work.
The ratio of the indicated closed-cycle work to the Stirling engine useful heat input

Fig. 14.5 Ratio of engine heat transfer to brake power as a function of engine brake power
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represents the indicated cycle efficiency (ηind). Some portion of the indicated work
is further lost in pumping, friction, and other parasitic losses yielding the net shaft
work. The ratio of the shaft work to the indicated work gives the mechanical
efficiency (ηmech). Finally, the alternator efficiency (ηalt), which is the ratio of
electrical power to the shaft power, represents the portion of shaft work that is
converted into useful electrical power. In a typical CHP system as shown in

Fig. 14.6 a Sankey diagram for a Stirling engine-driven CHP system from Valenti et al. (2014)
and b typical state-of-the-art small-scale Stirling engine efficiency breakdown reproduced from
García et al. (2014)
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Fig. 14.6a, much of the energy lost in the exhaust and coolant (heat transfer and
friction) is recovered for residential hot water and space heating purposes. Using a
recuperator, the exhaust heat can also be used for preheating combustion air for
improving the combustor efficiency. Thus, for an external combustion engine, the
energy cascade gives an expression for the fuel-to-electrical conversion efficiency
(ηe) as shown in Eq. (14.3):

ge ¼ gcomb � gind � gmech � galt ð14:3Þ

Figure 14.6b, reproduced from García et al. (2014), shows the efficiency
breakdown for a kinematic Stirling engine running at 1500 rpm operating with NG
as fuel and helium as the working fluid with a maximum working gas temperature
of 625 °C. The subsystem efficiency data were obtained by García et al. (2014)
using a combination of experimental measurements (e.g. thermal and electrical
power outputs) and empirical models that were developed using experimental data
from different prototype Stirling engines. In their experiments, the load was varied
as a function of the working gas pressure. In Fig. 14.6b, brake efficiency (or brake
thermal efficiency, ηbr) can be defined as shown in Eq. (14.4):

gbr ¼ gcomb � gind � gmech ð14:4Þ

The indicated cycle efficiency is around 40% irrespective of the load and is
primarily a function of the working gas temperature (625 °C in this case). Higher
working gas temperatures can enable better indicated efficiencies due to higher
Carnot cycle efficiency. In addition, the mechanical efficiency plummets at the
lower power levels, which indicates that lowering engine friction (e.g. employing a
free-piston Stirling engine) and parasitic losses is crucial for obtaining higher
engine efficiencies. In addition, reducing the parasitic losses in power converters
and power electronics will also be a key enabler for improving fuel conversion
efficiency. These are accounted for in the alternator efficiency. Finally, the com-
bustor efficiency can also be improved by improving burner design, such as
employing a recuperated burner for preheating air, and by lowering the convective
heat losses from the burner system. A detailed discussion of the challenges in
integrating an efficient combustion system with the Stirling engine is provided in
Sect. 14.3.2.

One of the reasons why Stirling engines are considered better for micro-CHP
applications is that they can run continuously at steady-state conditions without
needing any maintenance over a long period of time. The estimated cost of 1-kW
Stirling engine CHP systems is expected to be of the same order of magnitude as an
equivalent ICE and thus faces a similar challenge in achieving high market pene-
tration. For example, a study by Ferreira et al. (2016) estimates a total capital cost of
25,880 € for a solar-powered Stirling engine with an electrical power output of
3.65 kW for residential micro-CHP. As noted by Ashurst (2016), the Stirling
engine system cost is only about 30% of the total installed cost to the customer.
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14.2.3 Brayton Cycle and Micro Rankine Cycle Engines

Recuperated micro-turbines are the most common Brayton cycle engines employed
for micro-CHP applications. As noted before, major technical hurdles for
micro-turbines include high viscous losses in the turbine passages due to low
Reynolds number flow, manufacturing tolerances, bearing limitations at high
rotational speeds, high heat transfer, and high mechanical or parasitic losses. In
addition, the cost associated in manufacturing a small-scale turbine with precision
tolerances is also high.

One of the smallest micro-turbine systems, a prototype 3-kW system (15 kW
thermal load) for CHP applications, was built by Micro Turbine Technology BV
(MTT) and is being commercialized under the name EnerTwin (2018). One of the
earlier prototype systems demonstrated 16% fuel-to-electrical conversion efficiency
and 80% thermal efficiency (Visser et al. 2012). Figure 14.7, reproduced from
Visser et al. (2011), shows energy losses for the 3 kW micro-turbine from an
experimental rig test. The numbers reported in the schematic are a percentage of
fuel energy. Much of the fuel energy is lost in the exhaust (47.0%) and the rest as
heat losses, friction and parasitic loads (40.8%). The international standard atmo-
sphere (ISA) corrected values for brake and electrical powers obtained in this study
were 2.98 and 2.7 kW, respectively, yielding a high value of 91% for the alternator
efficiency and 13.5% for the shaft efficiency. The study reports a fuel-to-electrical
conversion efficiency of only 12.3% for a recuperated cycle gas turbine system. It is
believed that further subsystem improvements and optimization have resulted in an
improvement in fuel conversion efficiency (Visser et al. 2012). Since there is a

Fig. 14.7 Typical energy losses (% of fuel energy) in a small-scale micro-turbine employing
radial turbomachinery. Figure reproduced from Visser et al. (2011)
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dearth of commercial technologies at this scale, the system life and product costs
are uncertain at this point.

Micro-Rankine cycles are also employed for CHP applications but with much
lower fuel-to-electrical conversion efficiencies of around 10–19% for 1–2.5 kW, as
shown in Table 14.1. Again, the total CHP efficiency of such systems can exceed
90%. These applications are currently more suitable for replacing the household
boiler. In addition, organic Rankine cycles (ORCs) are predominantly used as
bottoming cycles for capturing the waste energy typically from an ICE.

14.3 Technical Opportunities and Challenges

This section provides the technical opportunities and challenges for ICEs, Stirling
engines, and Brayton cycle engines. The US Department of Energy, ARPA-E,
initiated the GENerators for Small Electrical and Thermal Systems (GENSETS)
program in 2015 (GENSETS 2018). The program is funding various mechanical
and heat engine technologies with the goal of achieving 40% fuel-to-electrical
conversion efficiency at 1-kW electrical output and is targeted primarily at resi-
dential CHP. Technical project highlights from the GENSETS program are inclu-
ded in the relevant sections.

14.3.1 Internal Combustion Engines

For several decades, the ICE community has been developing low-temperature
combustion (LTC) strategies such as homogenous charge compression ignition
(HCCI), premixed charge compression ignition (PCCI), and high exhaust gas
recirculation (EGR) LTC to achieve both high efficiency and mitigate NOx and
particulate matter (PM) emissions. Most of the LTC strategies however struggle
with higher hydrocarbon (HC) and carbon monoxide (CO) emissions. Figure 14.8,
reprinted from Dec (2009), shows the classic equivalence ratio (U)–temperature
(T) plot overlaid with different combustion regimes. HCCI combustion has a fairly
narrow operating range, and below an operating temperature of 1400 K, the con-
version of CO to CO2 (through the reaction CO + OH ! CO2 + H) diminishes. It
is also characterized by low soot and NOx production, which makes it attractive for
transportation and power generation applications. Since the operation regime is
narrow and since HCCI combustion is characterized with high pressure rise rates
(due to high charge homogeneity), transient and high load operation of HCCI
engines are both challenging, and hence, HCCI is best suited for single-point or
steady-state operation such as those seen in power generation engines and CHP
applications.

Kobayashi et al. (2011) demonstrated 43.3% brake thermal efficiency and esti-
mated a 40% fuel-to-electrical conversion efficiency for a 50-kW boosted NG
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engine. The engine-out NOx emission reported in their study, without employing an
exhaust after-treatment device, was about 14 ppm. Optimizations of the compres-
sion ratio (CR) and boost pressure were performed to obtain high combustion
efficiencies and low emissions of NOx and CO. However, under high-efficiency
operating conditions, the engine was also found to be sensitive to knocking.
Dilution concepts such as high EGR LTC technologies predominantly reduce the
heat transfer from the working fluid by operating at lower local temperatures (hence
lower temperature gradients) and also by increasing the in-cylinder ratio of the
specific heats (c) thus attaining higher fuel conversion efficiencies.

Caton (2014) published a study that shows potential pathways for attaining
indicated efficiencies of over 50% and brake thermal efficiencies of over 45% by
using a simple spark-ignited Otto cycle thermodynamic simulation for automotive
engines. Key drivers for efficiency gain included increasing CR, reducing burn
duration, lean engine operation (excess air ratio (k) *1.4), and high EGR (*45%).
The model predicted a significant reduction in engine heat loss from 15.6%
(baseline) to 5% of fuel energy. This improvement is predominantly attributed to
lean combustion and high EGR operation. The main contributions to high engine
efficiency were attributed to the increased ratio of specific heats and reduced
in-cylinder heat transfer.

Killingsworth et al. (2011) operated a hydrogen–oxygen–argon engine and
compared its performance with a hydrogen–air engine. The exhaust of the argon
engine, which is composed of water vapor and argon, was condensed to recirculate
the argon back into the engine intake as diluent. Since the c of argon is 1.6, the
hydrogen–oxygen–argon engine was more efficient than the hydrogen–air engine
by about 10% points at a CR of 6. The hydrogen–oxygen–argon engine, however,
could not be operated at higher CR as it was susceptible to engine knock caused by

Fig. 14.8 U–T plot showing
HCCI and LTC combustion
regimes with soot and NOx

islands (Dec 2009)
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higher local temperatures, which is again attributed to the high c of the mixture.
One of the issues with this approach is its limited application with hydrocarbon
fuels, such as NG, as the separation of argon from the exhaust gases is challenging.

Another intriguing study by Koga and Kiura (2013) from Honda R&D Co.
looked at the co-optimization of CR and stroke-to-bore ratio for increasing the
efficiency for a small NG engine. This approach aimed at reducing heat transfer in,
what they term as, the controlled autoignition (CAI) combustion mode (pseudonym
for HCCI). It was observed that the engine efficiency improved by purely increasing
the CR until a certain point (CR = 25 in their study) and then plummeted due to the
subsequent high surface area-to-volume ratios (and hence high heat transfer losses),
when the piston was at the top dead center. This is in sharp contrast to the
monotonic increase in thermal efficiency (ηth) that is expected from the classic Otto
cycle relationship (gth ¼ 1� 1=CRc�1). This is illustrated in Fig. 14.9, which is
reproduced from Koga and Kiura (2013).

In order to reduce the heat transfer, a simultaneous stroke-to-bore ratio opti-
mization was also performed at a CR of 26, which reduced the surface
area-to-volume ratio from 9.1 to 5.8 for a corresponding change in the
stroke-to-bore ratio from 1 to 2.1. With a stroke-to-bore ratio of 2.1 and a CR of 26,
the engine yielded a net brake thermal efficiency of 39.1%, which was 9.2% points
higher than the baseline engine efficiency.

Gangopadhyay et al. (2012) investigated strategies to reduce engine friction
using surface finishing and coating materials such as manganese–phosphate and
diamond-like coating (DLC). In their study, a maximum of 17–25% friction
improvement was seen at various speeds of engine operations. Further improve-
ments could also be made with advanced lubrication technologies. To improve the
efficiency of modern ICEs, Cheng et al. (2014) investigated individual lubricant
formulations applicable to different engine subsystems yielding an optimum com-
bination of lubricant formulations for the overall system. In their study, a
mechanical efficiency improvement of over 5% was observed when operating a

Fig. 14.9 Comparison of
theoretical Otto cycle
efficiency versus actual
efficiency as a function of CR
reproduced from Koga and
Kiura (2013). The red line
shows the effect of increasing
surface area-to-volume ratio
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16 hp Kohler twin cylinder diesel engine with different multi-grade oil formulations
in the valvetrain and power cylinder subsystems. Furthermore, a friction
improvement of over 10% was seen by altering the shear thinning characteristics of
the lubricant in a motored valve train.

In terms of in-cylinder heat transfer reduction, there are numerous studies in the
literature that employ thermal barrier coatings (TBCs), in an effort to mimic an
adiabatic engine, with improved thermal efficiency. Parlak et al. (2005) investigated
the effects of TBCs on the piston, cylinder head, and valves of a six-cylinder
production diesel engine and only obtained a maximum of 2% improvement in
brake thermal efficiency. However, the exhaust energy availability increased by
about 3–27% depending on the operating speed and load. It was also noted that a
maximum of 47% of the total exhaust energy could be extracted from an exergy
standpoint. TBCs have been a long-standing topic of focus in the gas turbine
industry; however, ICEs have not been able to completely leverage their advantage
due to durability issues that arise from thermal cycling. The use of a bottoming
cycle with a thermal barrier-coated ICE is a logical combination to yield high
system efficiency.

Other recent technologies to improve brake thermal efficiency for small-scale
ICEs include Miller cycle using variable valve timing (VVT) (Fontana and Galloni
2009), Atkinson cycle 10-kW ICE (Capaldi 2014), and free-piston engine linear
generator (FPEG) (Kosaka et al. 2014; Goto et al. 2014). One-dimensional cycle
simulation of the 10-kW Toyota FPEG (Kosaka et al. 2014; Goto et al. 2014)
predicts a thermal efficiency of about 42% using a PCCI strategy.

In the ARPA-E GENSETS program, Wisconsin Engine Research Consultants,
LLC (WERC), located in Madison, Wisconsin, USA, in collaboration with
University of Wisconsin-Madison, Briggs and Stratton Corporation, and
Adiabatics, Inc. is developing a 1-kW spark-assisted HCCI (SA-HCCI) engine
(Reitz et al. 2018). The engine has a compression ratio of 17 and a stroke-to-bore
ratio of 1.47 and is operated at stoichiometry with EGR dilution. SA-HCCI or
spark-assisted compression ignition (SACI) uses a spark plug to initiate combus-
tion, which subsequently leads to end-gas autoignition. In traditional HCCI, igni-
tion is purely governed by chemical kinetics, and hence, achieving the optimum
ignition timing at a particular speed and load is challenging. This is because the
autoignition of the fuel–air mixture is very sensitive to initial, boundary, and
in-cylinder conditions of temperature, pressure, and charge composition. In order to
alleviate this problem, a spark plug is used in SACI, which provides the necessary
control lever for initiating ignition. As of early 2018, the WERC team’s engine has
demonstrated a brake thermal efficiency of 34%. Figure 14.10 shows the pathway
to 39% brake thermal efficiency and includes various updates, viz. improving
cylinder head design, reducing incomplete combustion, reducing friction mean
effective power (FMEP), and employing TBC. A three-way catalyst will be used for
mitigating emissions of NOx, CO, and HC. It is noted here that the next-generation
Mazda SKYACTIV-X automotive engine will employ spark-controlled compres-
sion ignition (SPCCI), which is a variant of SACI (MAZDA: Next-generation
technology 2018).
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Another project lead by Mahle Powertrain, LLC (Plymouth, Michigan, USA) in
collaboration with Oak Ridge National Laboratory, IntelliChoice Energy, Kohler
Engines, Louthan Engineering, and ExxonMobil has demonstrated, as of early
2018, a brake thermal efficiency of 32.5% at 1.7-kW brake power using their
proprietary Mahle jet ignition (MJI) technology (Bunce 2018). MJI is a variant of
turbulent jet ignition (TJI) technology and employs a prechamber, which is
instrumented with a prechamber injector. A small quantity of fuel is injected in the
prechamber where the combustion is initiated typically under rich conditions using
a conventional spark plug. The resulting turbulent jets from the partially burned
fuel–air mixture in the prechamber emanate into the main chamber through the
prechamber nozzle. These jets act as local ignition sources for the main chamber
fuel. NG is injected in the main chamber with the help of a port injector where the
fuel–air mixture is kept lean. MJI is an enabling technology to extend the ICE lean
limit operation, thus significantly improving the thermodynamic and brake thermal
efficiencies. Other complementing technologies in this project include low-friction
engine components and engine downspeeding for reducing the FMEP. For NOx,
CO, and methane emissions mitigation, the team will be employing a lean NOx trap
and a methane oxidation catalyst that is capable of operating at low exhaust gas
temperatures. Figure 14.11a shows a CAD image of the MJI prechamber on the
engine cylinder head, and Fig. 14.11b shows the first law energy breakdown that
was achieved at a brake power of 1.7 kW and an excess air ratio (k) of 1.7.

Fig. 14.10 Technical pathway as proposed by WERC to achieve 39% brake thermal efficiency in
a 1-kW ICE (Reitz et al. 2018)
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14.3.2 Stirling Engines

One of the critical challenges in Stirling engines (and in other external combustion
engines) is to achieve better heat transfer from the combusted fuel to the engine
working fluid. The combustor efficiency (ηcomb) is a measure of effectiveness with
which heat is transferred from the fuel to the Stirling engine working fluid. In order
to evaluate the combustor efficiency, a simple steady-state modeling analysis was
undertaken here. Consider a simple dome-shaped Stirling engine heater head design
as shown in Fig. 14.12. Consider a simple NG burner mounted closely to the
Stirling heater head, which is transferring heat to the Stirling engine heater head

through radiation (Qrad

:
) and convection (Qconv

:
). Radiative heat transfer is assumed

to occur between the flame and the heater head dome, while convective heat transfer
is assumed to occur between the exhaust gases and the heater head along the length
of the heater head. After exchanging heat with the Stirling engine, the exhaust gas is
assumed to flow through a recuperator to heat the intake air for the burner (not
shown in the figure). The working fluid (generally helium) is enclosed in the heater
head, which performs expansion work on a power piston, which in turn drives a
linear alternator to produce electricity (not shown in the figure). The details of the
engine, combustion system, and the assumptions in the analysis are listed in
Table 14.2. Note that the heater head dome temperature is intentionally kept at a
lower temperature than the walls for preserving mechanical safety.

A steady-state energy balance analysis was performed on this recuperated bur-
ner–engine system using the parameters provided in Table 14.2. The fuel energy

Prechamber injector

Spark Plug

Prechamber

(a) (b)

Fig. 14.11 a CAD image of Mahle jet injection (MJI) technology and b first law energy
breakdown for the MJI engine at a brake power of 1.7 kW and an excess air ratio of 1.7 (Bunce
2018)
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Fig. 14.12 Schematic of a
simple burner and
dome-shaped Stirling engine
heater head configuration

Table 14.2 Assumptions and parameter values for Stirling engine heat transfer analysis

Parameter Value

Burner diameter—inches 1
Diameter (D) of heater head—mm 80–120
Length (L) of heater head—mm 100–150
Thickness of heater head shell (t)—mm 4
Heater head wall temperature (Twall)—°C 600–800
Heater head dome temperature (Tdome)—°C Twall—25 °C
Recuperated air temperature—°C 500–615
Fuel (methane) temperature—°C 25
Excess air ratio (k) 2.5
Turbulence intensity (Tu) 0.05 or 5%
Flame diameter (Dflame)—mm D + 10 (assuming a hemispherical flame)
Heater head material and thermal
conductivity (KHH)—W/mK

IN718 and 23.2 at 750 °C

View factor (F12), where 1 denotes dome
and 2 denotes flame

1 (Incropera and DeWitt 2002)

Emissivity of heater head material (e1) 0.33 (Keller et al. 2015)
Emissivity of non-luminous flame (e2) 0.20 (Sherman 1934)
Recuperator effectiveness 0.9
Heat to mechanical work efficiency of
Stirling engine

65% of Carnot efficiency (ηC) operating between
working fluid temperature (Twf) and a cold side
temperature of 60 °C

Mechanical work to electrical work
efficiency or power converter efficiency
(ηpc)

0.9
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that is burned is used to transfer heat to the Stirling engine via convection and
radiation, and the remaining energy is carried away by the exhaust gases, which is
recuperated for heating the intake air from an initial temperature of 25 °C with an
effectiveness of 90%. An excess air ratio of 2.5 was chosen to achieve a peak
adiabatic flame temperature (Tflame) below 1500 °C to mitigate NOx emissions and
to alleviate thermal stresses on the heater head material. For simplicity, the fuel was
assumed to be methane (surrogate for NG), the burned gas temperature was
assumed to be the same as the adiabatic flame temperature, and the exhaust gas was
assumed to have the properties of nitrogen. Temperature-dependent specific heat
properties were used in the analysis for the exhaust gases.

Radiation heat transfer was assumed between the flame and the heater head
dome. Both the flame and dome were assumed to be concentric hemispheres, and
radiation heat transfer (Watts) was calculated using Eq. (14.5) (Incropera and
DeWitt 2002). In Eq. (14.5), Adome is the surface area of the heater head dome
hemisphere and r is the Stefan–Boltzmann constant.

Qrad

: ¼ r � Adome � T4
flame � T4

dome

� �
1
e1
þ 1�e2

e2

� �
� D

Dflame

� �2
� 	 ð14:5Þ

Convection heat transfer was assumed between the exhaust gases and cylindrical
portion of the heater head. The turbulent Nusselt number (Nu) correlation, as shown
in Eq. (14.6), was used in this case, which is applicable to a flame impinging in a
direction normal to a hemi-nosed cylinder in parallel flow (Baukal and Gebhart
1996). The Reynolds number (Re) was calculated using the exhaust gas velocity,
dome diameter (characteristic diameter for the flow), and burned gas properties that
were evaluated at the burned gas temperature. The exhaust gas velocity was cal-
culated using the exhaust mass flow rate (which is the sum of fuel and air mass flow
rates), density of the burned gas, and the burner diameter.

Nu ¼ Re0:5 0:993þ 5:465
Tu � Re0:5

100

� �
� 2:375

Tu � Re0:5
100

� �2
" #

¼ h � D
Kgas

ð14:6Þ

The convection heat transfer coefficient (h) was obtained by calculating the
Nusselt number, heater head diameter (D), and thermal conductivity of the burned
gas (Kgas), which was evaluated at the burned gas temperature. The convective heat
transfer to the heater head surface was then calculated using Eq. (14.7) where Acyl is
the area of the cylinder and Tb is the burned gas temperature.

Qconv

: ¼ h � Acyl � Tb � Twallð Þ ð14:7Þ

At steady-state conditions, the conductive heat transfer rate through the heater
head surface was assumed to be equal to the sum of radiative and convective heat
transfer rates as shown in Eq. (14.8). For simplicity, the working fluid was assumed
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to be at the heater head inner wall temperature. Thus, by knowing the working fluid
temperature from Eq. (14.8), the Carnot efficiency of the engine can be obtained.
The Stirling engine heat to mechanical work efficiency (ηind) is then obtained from
Eq. (14.9), which is assumed to be 65% of the Carnot efficiency (state-of-the-art
Stirling engines are typically capable of achieving*50% of Carnot efficiency). The
expression for the combustor efficiency (ηcomb) is shown in Eq. (14.10), which is
obtained from the ratio of the heat transferred to the Stirling engine working fluid to
the fuel energy. The fuel energy is calculated using the methane flow rate (mfuel

:
)

and methane LHV. The product of the combustor efficiency (ηcomb), engine heat to
mechanical work efficiency (ηind), and the power converter efficiency (ηpc) gives the
Stirling engine fuel-to-electrical conversion efficiency as shown in Eq. (14.11).

Qrad

: þ Qconv

: ¼ �Khh � Acyl þAdome
� � � Twall � Twfð Þ ð14:8Þ

gind ¼ 0:65 � 1� 60þ 273:15
Twf þ 273:15

� �
ð14:9Þ

gcomb ¼
Qrad

: þ Qconv

:

mfuel
: �LHV ð14:10Þ

ge ¼ gcomb � gind � gpc ð14:11Þ

Figures 14.13, 14.14, 14.15, and 14.16 show the sensitivity of the combustor
efficiency and fuel-to-electrical conversion efficiency for the Stirling engine with
respect to the air temperature at recuperator outlet location (Fig. 14.13), heater head
area by varying the heater head dome diameter (Fig. 14.14), heater head area by
varying the heater head length (Fig. 14.15), and heater head surface temperature
(Twall) (Fig. 14.16). The black lines with closed square symbols in the figures show
the efficiencies when both convection and radiation heat transfer are taken into
account, while the black lines with closed circle symbols show the efficiencies with
only convection heat transfer (i.e. neglecting radiative heat transfer).

As shown in Fig. 14.13, a higher degree of recuperation is a critical requirement
to achieve a high combustor efficiency and hence a high fuel-to-electrical conver-
sion efficiency. Increasing the area by increasing the length of the heater head
(Fig. 14.15) leads to better heat transfer than that achieved by increasing the
diameter of the heater head (Fig. 14.14). As expected, the effect of radiation is more
pronounced by varying the diameter than by varying the heater head length. The
increase in heater head temperature and its effect on the efficiencies show an
interesting and perhaps counterintuitive trend (Fig. 14.16). Under the assumptions
in Table 14.2, an increase in heater head temperature up to 700 °C is effective for
improving the fuel-to-electrical conversion efficiency. Any further increase in heater
head temperature results in a decrease in fuel-to-electrical conversion efficiency, as
shown in Fig. 14.16b. This is because the combustor to Stirling engine heat transfer
rate reduces with an increase in the heater head temperature, as shown in

14 A Review of Residential-Scale Natural Gas-Powered … 405



Fig. 14.16a (due to reduced DT between the burned fuel temperature and heater
head temperature). The black dashed line with open symbols in Fig. 14.16a shows
the Stirling engine heat to electrical conversion efficiency, which increases with an
increase in heater head temperature. This is expected as the Carnot efficiency is
expected to increase with an increase in the heater head temperature (see Eq. 14.9).
The 700 °C point therefore represents an inflection point where the reduction in
combustor efficiency can be compensated by the increase in the Carnot efficiency of
the engine. Beyond this point, any increase in Carnot efficiency is not sufficient to
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Fig. 14.13 Sensitivity with respect to recuperator air outlet temperature for a combustor
efficiency and b fuel-to-electrical conversion efficiency
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overcome the loss in the combustor efficiency. Note that for the scenarios in
Fig. 14.16, the air temperature at the recuperator outlet was maintained fairly
constant and limited to 575 °C (due to material limits), which lead to higher exhaust
temperatures for scenarios with heater head temperatures greater than 700 °C. Thus,
this results in lower combustor efficiencies for scenarios with heater head temper-
atures greater than 700 °C when compared to scenarios with heater head temper-
atures lower than 700 °C. Thus, the design of a combustion-driven Stirling engine
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is extremely challenging and a rigorous system-level approach, which must include
the co-optimization of the combustion system and the Stirling engine (rather than
individual component optimization), is necessary. Radiative heat transfer is also
critical for achieving a high combustor and engine efficiency for dome-shaped
heater head Stirling engines.

Li et al. (2014) published a modeling study of a high-efficiency Stirling engine
that showed a potential to achieve 43.9% indicated thermal efficiency while
delivering a low indicated power of 33.4 W (1.88 W/cm3). The system takes
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advantage of a compact porous sheet heat exchanger, which incorporates the heater,
regenerator, and cooler into one assembly; the hypothesis for this approach was that
a significant reduction in friction could be achieved with such a system. The major
benefits of using micro-channels include reduction in flow separation and formation
of wakes, low surface roughness, lower flow velocities, and lower conduction heat
losses. However, this requires radical improvements in emerging micro-fabrication
technologies for mass production of such heat exchangers.
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Recent efforts have focused on fabricating Stirling engine components by
additive manufacturing (AM) in order to increase efficiency. This is a powerful
manufacturing process that can yield complex and intricate geometries, not possible
by traditional manufacturing methods. In addition to increasing the effectiveness of
the heat exchange process, the interfacial heat transfer losses, e.g. between the
burner and the heat acceptor interface, are also projected to be minimized by
additively manufacturing a single unit without using conventional joining tech-
niques. As reported by Zelinski in Additive Manufacturing Magazine (Additive
Manufacturing 2015), DEKA Research and Development is currently investigating
the use of additively manufactured components, e.g. burner and Stirling engine
heater head, to improve engine efficiency. Figure 14.17a, reprinted from Additive
Manufacturing (2015), shows the additively manufactured heater head from Inconel
625 material (Stirling engine heater head on the left), which is traditionally used for
high-temperature applications. DEKA is also working on additively manufacturing
heater heads with Mar-M-247, which is superior in retaining high-temperature
strength as compared to Inconel 625. Figure 14.17a shows also the conventional

Fig. 14.17 a Additively manufactured Stirling engine heater head (left) and conventional tubular
heater head (right) and b additively manufactured Stirling engine burner (Additive Manufacturing
2015) manufactured by DEKA Research and Development. Originally appeared in Additive
Manufacturing Magazine, copyright 2015 Gardner Business Media, Inc. Used with permission
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heater head (on the right) which has tubes to carry the working fluid (e.g. helium)
that are bent and welded at numerous places. This heater head design is called the
tubular heater head. The custom shape of the fluid passages in the additively
manufactured heater head is expected to better capture the heat of combustion than
the conventional version of the heater head. The burner sits at the center of the
heater head transferring heat to the working fluid that flows inside the tubes. One of
the well-known traditional disadvantages of AM is the resulting surface roughness
of the end product. As surface roughness accelerates the transition from laminar to
turbulent flow, the heat transfer to the working fluid inside the tubes is also
expected to be improved (Additive Manufacturing 2015). Figure 14.17b, reprinted
from Additive Manufacturing (2015), shows an additively manufactured Stirling
engine burner throat, where the tear-drop flanges help in fuel–air mixing, while the
spout end of the burner holds a stable flame at the center of the heater head.

Song et al. (2015) achieved better heat transfer in a tubular heater head Stirling
engine, similar to the one shown in Fig. 14.17a, by employing steel wool into the
space between the outside of the tubes for recuperating exhaust gas energy. As
expected, the steel wool resulted in increased surface area for heat transfer. In
addition, the steel wool had a higher emissivity than the exhaust gas, which resulted
in enhanced heat transfer between the exhaust gases and the outer surface of the
tubes. The porosity of the steel wool was varied in their experiments, and it was
found that the convection heat transfer coefficient (h) increased with decreasing
porosity at a constant exhaust gas velocity. However, in a typical NG-fired Stirling
engine, the additional pressure drop created by the low porosity steel wool can
result in higher parasitic power for the fuel and air blowers. Thus, a tradeoff in the
system efficiency is expected, which will be governed primarily by improved heat
transfer and a concomitant increase in parasitic power. More recently, a detailed
summary of the technical challenges of Stirling engine systems has been published
by Hachem et al. (2018).

Sunpower, Inc. (Athens, Ohio, USA), in collaboration with Aerojet Rocketdyne
and Precision Combustion, Inc. has developed a free-piston Stirling engine (FPSE)
with a recuperated two-stage catalytic combustor under the ARPA-E GENSETS
program (Wood 2018). As of early 2018, the engine demonstrated a
fuel-to-electrical conversion efficiency of 20.5% with a peak heat to electrical
conversion efficiency of 38.8% and a peak combustor efficiency of 64%. The output
power of the engine is lower than 1 kW. Further improvements in recuperator
sizing and recuperator heat loss reduction are required to improve the system
efficiency. Figure 14.18 shows the assembled prototype Stirling engine system
(Wood 2018) that was developed by Sunpower, Inc. under the ARPA-E GENSETS
program.

West Virginia University Research Corporation (WVURC) located in
Morgantown, West Virginia, USA, is currently developing an additively manu-
factured Stirling engine heater head design under the ARPA-E GENSETS program
(Qiu 2018). A computational study of the heat transfer in a stainless steel Stirling
engine heater head was recently published by this team (Solomon and Qiu 2018).
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Fig. 14.18 Prototype Stirling engine system developed by Sunpower, Inc. (Wood 2018)

Fig. 14.19 a Image of the additively manufactured Stirling engine heater head design and
b additively manufactured involute foil regenerator developed by West Virginia University (Qiu
2018)
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Figure 14.19a, reprinted from Qiu (2018), shows the additively manufactured
heater head design, and Fig. 14.19b, reprinted from Qiu (2018), shows the addi-
tively manufactured involute foil regenerator (the regenerator is an internal heat
exchanger in a Stirling engine, which stores thermal energy from the working fluid
that would otherwise be rejected at the cold end of the engine and supplies that
energy back to the working fluid in the next thermodynamic cycle when the
working fluid shuttles to the hot end of the engine). Both designs are expected to
improve the Stirling engine fuel-to-electrical conversion efficiency. Figure 14.20,
reprinted from Solomon and Qiu (2018), shows the flow path of the combustion gas
in the Stirling engine heater head. The combustion gas guides are provided for
improving heat transfer with the tubes. The vented diffuser plate was used to
provide uniform distribution of the hot combustion gas over the tubular heat
exchanger.

14.3.3 Brayton Cycle Engines

It is more challenging for Brayton cycle engines, particularly with conventional
radial turbomachinery, to be efficient at small scales due to significant flow and heat
transfer losses. At the 1–10 kW scale, Brayton engines are arguably less mature
than ICEs and Stirling engines.

McDonald and Rogers (2008) investigated the use of a ceramic micro-turbine
concept with a ceramic combustor, ceramic radial flow turbine, and a ceramic
(silicon carbide) high-effectiveness recuperator. Projected efficiency for such a
system was 30% while delivering a peak power of 7.5 kW. Tanaka et al. (2007)
tested what they claimed as the world’s smallest turbine operating on a Brayton
cycle. The engine comprised of a compressor with an impeller diameter of 16 mm,
a turbine with a diameter of 17.4 mm, an annular swirl flow combustor, and a

Fig. 14.20 Flow path of the exhaust gas through the additively manufactured heater head design
developed by West Virginia University (Solomon and Qiu 2018)
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dummy electromagnetic generator. The rotor was supported with pressurized gas
bearings. An image of this turbine hardware is shown in Fig. 14.21, which is
reprinted from their work. The compressor was seen to approach the design adia-
batic efficiency at 55% and 70% of the rated speed (580,000 rpm).

Under the ARPA-E GENSETS program, Brayton Energy, LLC (Hampton, New
Hampshire, USA), is developing a rotary screw Brayton cycle engine with metallic
screw compressors and ceramic screw expanders. Screw components do not suffer
from flow losses that are present in conventional radial turbomachinery. In addition,
the use of a ceramic expander with low coefficient of thermal expansion can lead to
high-temperature tolerance and a better fuel-to-electrical conversion efficiency due
to higher Carnot efficiency. A highly recuperated combustor will be used in this
project. As of early 2018, Brayton Energy has demonstrated a 75% isentropic
efficiency for the compressor when operated with a rotor clearance of 68µ (Kesseli
et al. 2018). Figure 14.22a, b shows the coated screw compressor and ceramic
rotary screw expander, respectively, developed by Brayton Energy under the
ARPA-E GENSETS program (Kesseli 2018; Kesseli et al. 2018).

Metis Design Corporation (MDC), located in San Francisco, California, USA, in
collaboration with Lawrence Berkeley National Laboratory (LBNL), Brayton
Energy, LLC, and University of Texas—Arlington is developing a 1-kW
micro-turbine with a compressor and a rotary vaneless diffuser (RVD) under the
GENSETS program. The RVD rotates at a much lower speed compared to the
compressor impeller and reduces the kinetic energy losses of the flow that exits at a
high speed from the impeller. A recuperated low swirl burner is intended to be
integrated with the micro-turbine. Figure 14.23 shows the compressor hardware
with the impeller and the RVD (Keogh et al. 2018). As of early 2018, the team has
demonstrated approximately 75% isentropic efficiency for the compressor at 50% of
the impeller design speed (Keogh et al. 2018).

Fig. 14.21 World’s smallest
micro-turbine Brayton cycle
engine reprinted from the
work of Tanaka et al. (2007)
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Fig. 14.22 a Coated screw compressor (Kesseli et al. 2018) and b ceramic rotary screw expander
(Kesseli 2018) as developed by Brayton Energy

Fig. 14.23 Micro-turbine
impeller and RVD as
developed by MDC (Keogh
et al. 2018)
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14.4 Summary

This chapter presented a detailed review of the state-of-the-art residential CHP
technologies encompassing reciprocating internal combustion engines (ICEs),
Stirling engines, Brayton cycle engines, and micro-Rankine cycle engines. This was
complemented by anecdotal highlights from some of the cutting-edge technologies
funded by Advanced Research Projects Agency-Energy (ARPA-E). From a fuel
conversion efficiency and load-following standpoint, reciprocating ICEs are consid-
ered to have the most benefits, but have some disadvantages such as regular main-
tenance (oil change, part replacement, etc.). Heat transfer, incomplete combustion,
pumping, and friction losses at the small scale are found to be the technical hurdles
for ICEs. Thus, technologies such as spark-assisted homogeneous charge compres-
sion ignition (SA-HCCI), turbulent jet ignition (TJI), and low-friction components are
identified as potential enabling approaches for improving fuel conversion efficiency.
Additionally, Stirling engines and Brayton cycle engines offer excellent fuel flexi-
bility and hence are more resistant to the quality of NG as compared to ICEs.

Stirling engines have demonstrated lower fuel conversion efficiency compared to
ICEs, but they can operate without maintenance for a significant amount of time.
One of the biggest hurdles for improving Stirling engine fuel conversion efficiency
is to achieve effective heat transfer between the combusting fuel and the working
fluid of the engine. Radiation heat transfer and a high degree of intake air recu-
peration are found to be key mechanisms for enhancing heat transfer in
dome-shaped Stirling engines. Additive manufacturing is considered to be one of
the key enablers for improving tubular heater head Stirling engine efficiency by
enhancing heat transfer through unique designs that are complex to fabricate by
conventional manufacturing processes. Irrespective of the Stirling engine heater
head design, a co-optimization of the combustion system and the Stirling engine is
necessary for improving their fuel conversion efficiency.

Brayton cycle machines are the least mature technology at the 1–10 kW size as
evidenced by the availability of just one commercial 3-kW micro-turbine product.
Brayton cycle engines have also demonstrated lower efficiencies compared to ICEs.
Challenges include achieving high compressor and expander isentropic efficiencies
at the small power level.

Finally, the most important driver for customer adoption is the total installed cost
of the micro-CHP system (Vishwanathan et al. 2018) and the system must be
simple to install and maintain.
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