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Preface

The global utilization of the various carbon-based energy resources is increasing as
the population increases, urbanization increases, and standard of living improves.
This increase of energy utilization is resulting in emission of greenhouse gases and
in delicate global energy politics. The building sector is one of the primary con-
sumers of energy sources to provide for the differing energy needs of buildings for
their occupants.

The maintenance of a comfortable and healthy indoor environment is one of the
main consumers of a building’s energy. In a temperate climate, the maintenance of
a comfortable indoor environment is very important, particularly during the cold
winter season. In a subtemperate climate, the application during both winter and
summer seasons is important for providing a thermally comfortable indoor envi-
ronment. In hot and humid climates such as in the tropics, providing cool,
low-humidity indoor air is very important.

A heating, ventilating, and air-conditioning (HVAC) system is needed to provide
the required comfortable indoor thermal environment and air quality. This system
controls the air temperature by cooling the air during the hot season and heating it
during the cold season. The system reduces the air humidity content by cooling the
air below the dew point. In addition, the introduction of filtered outdoor air provides
for the required air quality and minimizes the buildup of indoor pollutants. The
desiccant heating, ventilating, and air-conditioning (DHVAC) system is an alter-
native that can provide the needed comfortable indoor thermal environment and the
required indoor air quality.

The progress of the DHVAC system recently has been rapid as shown in several
scientific and engineering papers published annually. Installations in both demon-
stration and actual buildings in temperate and subtemperate climates and in hot and
humid climates such as in tropical regions have been carried out using DHVAC.
Experts from around the world were invited to contribute to this book covering
fundamental aspects, recent research and development, and actual installation and
applications. The editors are grateful for the support of well-known and very
busy experts in the field for their contributions to the chapters of this book.
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The editors are also thankful to Springer for publishing this book as one of the main
contributions to the progress and advancement of DHVAC systems.

The book editors, the chapter contributors, and the publisher are hopeful that as a
result of this volume, more fundamental research work, novel design, and practical
engineering can be developed further by scientists, researchers, engineers, and
graduate students for a more comfortable indoor thermal environment and higher
quality indoor air in the most energy-efficient way. We believe this can be
accomplished by the practical application of the DHVAC system along with the
utilization of available alternative energy sources.

Tsukuba, Japan Napoleon Enteria
Reading, UK Hazim Awbi
Sendai, Japan Hiroshi Yoshino
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Chapter 1
Advancement of the Desiccant Heating,
Ventilating, and Air-Conditioning
(DHVAC) Systems

Napoleon Enteria, Hazim Awbi and Hiroshi Yoshino

Abstract The building sector is one of the largest end-users of primary energy
sources. One of the main usages of its energy is for the maintenance of indoor
environmental conditions—thermal comfort and air quality. In this regard, the
selection, design and installation of the heating, ventilating and air-conditioning
systems in buildings and houses are very important when considering the reduction
of energy consumption and, at the same time, with the provision of the required
comfortable indoor thermal environment and healthy indoor air. The desiccant
heating, ventilating and air-conditioning system is one of the alternative heating,
ventilating and air-conditioning (HVAC) systems for providing the required indoor
thermal environment and air quality. The system can provide the required thermal
comfort and air quality by means of controlling the air temperature, humidity, as
well as indoor chemical and biological contents. This type of system can utilize
diverse sources of energy, which is very important for the optimization of on-site
and off-site available alternative energy sources. As the advancement of the des-
iccant heating, ventilating and air-conditioning system (DHVAC) becomes globally
established by the progress in different research deliverables, designs, installations
and evaluation methods, it is expected that the system will become one of the most
important alternative systems for the maintenance of indoor thermal environment
comfort and air quality when considering the reduced reliance on conventional
energy usage.

Keywords Air-conditioning systems � Energy efficiency � Indoor environment �
Thermal comfort � Air quality � Desiccant materials
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1.1 Introduction

The building sector is one of the primary consumer of energy accounting for 50%,
inclusive of commercial and industrial buildings [1]. The building sector energy use
is to support electrical appliances, provide thermal comfort, lighting and more. As
the global population grows, urbanization increases and as the standard of living
rises, it is expected that the energy consumption of the building energy sector will
increase [2–4]. A study by York [3] shows that the population size and age structure
has an effect on energy consumption, and this will result in increased energy
consumption in developing countries as the proportion of the younger population
increases. A study by the International Energy Agency [2] predicts that the building
sector electrical energy consumption will increase by 119% from 2002 to 2030. In
2006, the residential sector, including agriculture, consumed 56.7% of the electrical
energy compared to 44.2% in 1973 [5].

A large part of the energy demand of buildings is used to support the indoor
thermal comfort conditions and air quality. In commercial buildings alone, it is
almost 50% but varies depending on the location and local climate. There are about
368 million air conditioners and heat pumps installed worldwide [6]. Most of these
marketed air conditioners are 90% below 15 kW capacity [7]. As buildings con-
sume a large amount of energy to provide indoor thermal comfort conditions and air
quality, it is a challenge of how to reduce the electric energy consumption. In a
temperate climate, the peak electric energy consumption occurs in the summertime,
shifting the large consumption of building energy to cooling purposes.

The provision of a building’s indoor thermal comfort conditions, either through
heating or cooling, is done by heat pump systems known as the mechanical vapor
compression system. The mechanical vapor compression system’s main energy
source is electrical energy from the grid line to operate the compressor. The vapor
compression system plays a major role in a building’s electric energy consumption.
In the Middle East, more than 70% of a building’s energy consumption is used to
support the cooling requirements of buildings [8]. In Europe, 10% of the building
sector’s energy consumption is used to support the cooling demand [9]. In Hong
Kong, 45% of the commercial building energy consumption is for cooling [10]. In
Japan, 3% of the building sector energy consumption is for cooling applications
[11]. It is expected that in tropical countries which are hot and humid, the demand
for energy for cooling and dehumidification is very high [12]. In Singapore alone,
more than 60% of an office building’s energy consumption is for cooling and
ventilation and it is above 30% for a residential house [13].

An alternative heating, ventilating and air-conditioning system which utilizes
alternative materials, processes and energy resources can reduce a building’s energy
consumption [14, 15]. An alternative heating, ventilating and air-conditioning
(HVAC) system can be operated with less conventional energy consumption
through utilization of alternative energy sources [16]. Several alternative HVAC
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systems are being suggested to provide for the cooling of the building [17, 18]. The
thermally operated HVAC systems which rely on the direct application of thermal
energy are important options for buildings [19]. Such HVAC systems can directly
utilize solar energy [20]. The main advantage of these types of system is that its
cooling load is in phase with the available solar radiation [21]. Hence, during the
summer or during times of higher solar radiation, the amount of the cooling load
will also be high and is proportional to the thermal energy that can be collected
from the sun.

The thermally operated HVAC systems are achieved by means of applying heat
energy for the production of the cooling effect during summer [22] and the direct
application of heat energy during the winter by heat exchange with the air. As the
main advantage of the thermally operated HVAC systems is the direct application
of thermal energy for system operation, low-grade thermal energy can be used to
operate the system. In addition, several thermal energy sources can be utilized for
the system operation such as waste heat, biomass or others that may be available
on-site [23].

1.2 Desiccant-Based HVAC Systems

1.2.1 Desiccant Materials

The sorption process is a surface phenomenon which occurs at the interface of two
phases, in which cohesive forces including the Van der Waals forces and hydrogen
bonding act between the molecules of all substances irrespective of their state of
aggregation and which is called physisorption [24]. The absorption is a chemical
process caused by the valence forces called chemisorption [25]. The process of
attracting moisture from the air is either by adsorption or by absorption: the
adsorption process is a physical process in which the property of the desiccant
material or sorbent remains the same, while in the absorption process, upon
attracting moisture, the physical characteristic of the desiccant or sorbent material
changes. The desiccant or sorbent materials can be either solid or liquid: the solid
desiccant and hydrophilic adsorbents are silica gel, activated alumina, zeolites,
titanium dioxide and except for calcium chloride which is absorbent. The com-
mercial hydrophobic solid adsorbents are activated carbons, metal oxides, specially
developed porous metal hydrides and composite adsorbents [24].

Some desiccant materials are combinations of absorbent and adsorbent so as to
enhance their physical properties and sorption capacity, and are called composites
[26]. The basic mechanism in the sorption of moisture between the air and the
desiccant material is the difference in the water vapor pressure on the surface of the
desiccant and of the air. The uptake of moisture from the air to the desiccant is
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when the vapor pressure in the air is high; the removal of vapor from the desiccant
material is done when the vapor pressure in the air is lower than on the desiccant
material. When the vapor pressure is the same both in the air and in the desiccant
material, the equilibrium condition is reached and the sorption process is stopped.
The only means for making the adsorption process proceed is by using outside
forces such as increased air pressure, decreased temperature or by artificial elec-
tromotive force [25]. The same procedure is applied for the removal of moisture in
the desiccant material which is done in the opposite way.

1.2.2 Sorption Processes

The desiccant heating, ventilating and air-conditioning (DHVAC) system relies on
desiccant material in controlling the air moisture content for both air cooling and
dehumidification, and for air heating and humidification. The desiccant material
reduces the air moisture passing through and by application of evaporative cooling
or by other means of air cooling, the supply air becomes cool and dry. On the other
hand for purpose of humidifying and heating, the outdoor air becomes humidified
and heated by means of solar energy or other thermal sources.

The main advantage of the DHVAC system is the separate handling sensible and
latent loads of air. Hence, in the case of a latent load, the desiccant material can be
handled through the application of thermal energy. In the case of the sensible load,
heat recovery, direct evaporative cooling and other air cooling processes can be
applied for summer cooling application. Therefore, for hot and humid air, whose
latent load is high, the potential for reduction in the use of conventional energy is
possible. In addition, during the winter season, the moisture from the indoor
environment can be recovered by using desiccant material by passing the exhaust
air over the desiccant material which is utilized to humidify the outdoor air to be
supplied in the indoor environment. Heat exchangers utilizing different thermal
energy sources can be used to heat up the supply air.

1.2.3 Different System Designs

1.2.3.1 Solid System

The solid-based DHVAC system is primarily based on the use of solid-based
desiccant materials in controlling the air moisture content. The sorption mechanism
in the solid material is either through absorption or adsorption. Cooling by means of
heat recovery, evaporative cooling or other means are used in this type of system.
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The design of the system is based on the rotating wheel [27] or fixed bed type as an
alternative operation [28]. Application of the encapsulated phase change materials
(EPCMs) in the desiccant bed has sometimes been applied. The purpose of this is to
absorb the heat of sorption released during the dehumidification process. Based on
the study by Rady et al. [29], this approach lowers the temperature of the air passing
through it, but its humidity level is higher compared to the pure desiccant. In most
cases, the processed air (dehumidified air) is pre-cooled through the rotating heat
wheel or by means of heat exchangers that either utilize the cool return air or by
using outside air. As the air in most cases is still warm for indoor application, the
final cooling of the air is done by means of evaporative cooling and chill cooling.

1.2.3.2 Liquid System

The design of the liquid-based DHVAC system uses the falling film method in the
membrane with air passing on its surface [30]. Some designs apply the spray
approach to increase the surface area of air-desiccant contact. The design of the air
dehumidifier for an isothermal process is based on passing cool air/water at the back
of the falling desiccant film [31]. The regeneration of the desiccant material is by a
heating process; hence, many designs of the liquid desiccant regenerators are made
using solar energy. The cooling of air after the desiccant material is in the same way
as in a solid desiccant cooling system. The widely used liquid desiccant materials
are lithium chloride, lithium bromide, calcium chloride and glycol-based substances
[17]. The application of these materials depends on the cost, operation, and the
source of available thermal energy. In addition, some liquid desiccants are corrosive
and require proper handling for their application. However, the main advantage of
the liquid desiccant is the high moisture removal capacity with the lower regen-
eration temperature requirement.

1.2.3.3 Hybrid System

There are several designs of the hybrid DHVAC system. Liu et al. [32] presented a
dedicated outdoor air system combined with a desiccant wheel. It showed that
energy saving is possible as long as there is a source of solar energy and natural gas.
The hybrid system is based on either solid or liquid desiccant materials used for the
removal of the air moisture content in a vapor compression system used as an air
cooler and desiccant regenerator. The main advantage of the hybrid system is the
efficient handling of air latent energy and the sensible energy components. In this
case, the vapor compression performance is increased since it handles only the air
sensible energy part, while the desiccant material handles the air latent energy
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part. Hence, with this system, the vapor compression energy consumption is
reduced [33].

1.2.4 Applications and Installations

In hot and humid climates, the air temperature and humidity are high. In addition, as
daylong dehumidification is needed compared to the other climatic conditions, the
cheaper and more available nighttime electric energy (off-peak) can be stored for
daytime operation of the system [34]. Enteria et al. [35] shows the applicability of
nighttime electric energy storage for daytime utilization. Combining solar energy
for air dehumidification with a ground water source for air cooling makes the
system utilize natural energy sources such as that used in London [36]. In addition,
the design is also applicable for the countries which require heating and humidified
indoor air by capturing the moisture of the exhaust air and passing it to the supply
air using desiccant material.

The vapor compression system removes the air moisture content by cooling the
air below its dew point temperature; however, as the air after cooling it to its dew
point temperate becomes very cold, it needs to be reheated before being introduced
to the indoor environment. As some regions are very hot and humid all-year-round,
the vapor compression system can operate continuously to reduce the outdoor air’s
very high moisture content. The coupling of the desiccant material with the vapor
compression system minimizes the operating condition of the vapor compression
system since the desiccant material handles the air latent energy content while the
vapor compression system handles the air sensible load [33]. An application of the
liquid desiccant HVAC system shows that it can have a performance of 44.5%
when applied in a green building [37]. In addition, one of the advantages of the
hybrid desiccant HVAC system is its operation in part loads due to the separate
handling or air sensible and latent energies [38].

The development and application of the desiccant-based ventilation and
air-conditioning system is expanding globally [13, 39]. However, in the hot and
humid climate of South and Southeast Asia, South America and Africa, the system
is still not fully utilized. Therefore, investigations of the applications of this system
in these regions will expand the potential for widening the application of this
system. It has been shown that this system has the potential for application in the
ventilation and air-conditioning of buildings in hot and humid climates at a high
level of energy efficiency [40–42]. The most significant part is the reduction in
conventional energy use and lower greenhouse gas emissions for providing human
thermal comfort and good air quality in buildings.
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1.3 Conclusions

This chapter gives a general introduction of the topics in this book covering the
fundamental aspects, design, development and applications of the DHVAC system.
It describes the rapid progress in research and development in this area which is
taking place in different countries. It also refers to studies that show that this system
has a lot of potential for controlling the thermal, chemical and biological compo-
nents in a building at the same time.

Considering published work, it was shown that most of the research and
development and the applications of the system occur in temperate climates.
However, more recently, research and installation have taken place in hot and
humid climates too. Previously, the system was bulky in size which resulted in
difficulties with direct installation in compact spaces such as in small or detached
houses. Now, the system is becoming compact and small as demonstrated by the
new products. In the old days, the operation of such system was quite complicated
which resulted in difficulty in its use by untrained building occupants; however, due
to the application of electro-mechanical systems, the operation is now more auto-
mated. With the development of desiccant material with higher sorption capability
combined with new designs and control mechanisms, it is expected that this system
will become more widely used in different commercial buildings and dwellings.
The succeeding chapters will show more of the different progress in the desiccant
heating, ventilating and air-conditioning systems by different experts around the
world who have been working and contributing in this field for some time.
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Chapter 2
Modeling and Analysis of Desiccant Wheel

Jae Dong Chung

Abstract Desiccant cooling systems have advantages in environmentally friendly
operation and separate control of sensible and latent cooling loads, which leads to
comfortable indoor air quality. In addition, the desiccant cooling system is a
heat-driven cycle and therefore has the ability to use low-grade energy. However,
the wide spread use of this technology is not yet possible due to its relatively large
size and low system performance. The wheel is the most crucial component of the
desiccant cooling system. Therefore, mathematical modeling of the desiccant wheel
plays an important role in enhancing the overall system performance. Heat and
mass transfer are coupled, and multiple parameters are involved in understanding
the complicated phenomena in desiccant wheels. Mathematical models are com-
monly accepted as an effective method for analyzing the performance of rotary
wheels and systems. The models can also be used to guide system operation,
interpret experimental results and assist in system design and optimization. Several
mathematical models have been constructed and employed to analyze, develop and
design desiccant wheels. In this work, a brief review on the mathematical modeling
of the desiccant wheel is examined, and some typical issues and results of case
studies are discussed.

Keywords Desiccant wheel � Numerical analysis � Parametric study �
Optimization � Isotherm
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A Area (m2)
b Channel width (m)
BP Rate of outdoor influx

J.D. Chung (&)
Mechanical Engineering, Sejong University, Seoul 05006, Korea
e-mail: jdchung@sejong.ac.kr

© Springer Nature Singapore Pte Ltd. 2017
N. Enteria et al. (eds.), Desiccant Heating, Ventilating,
and Air-Conditioning Systems, DOI 10.1007/978-981-10-3047-5_2

11



c Channel wall thickness (m)
cp Specific heat of dry air water (J kg−1 K−1)
COP Coefficient of performance
DG Effective gas phase diffusivity (m2 s−1)
Dh Hydraulic diameter (m)
DK Knudsen diffusivity (m2 s−1)
DS Surface diffusivity (m2 s−1)
Dso Pre-exponent constant of surface diffusivity, m2 s−1

Ea Activation energy of diffusion, J mol−1

f Mass fraction of desiccant in the wheel
fm Mass fraction of desiccant in the wheel
F0 Ratio of mean squares of factor i to error
H Enthalpy (J kg−1)
Hsor Heat of adsorption (J kg−1)
h Convective heat transfer coefficient (W m−2 K−1)
hm Mass transfer coefficient (kg m−2 s−1)
Ky Gas-side mass transfer coefficient (kg m2 s)
k Thermal conductivity (W m−1 K−1)
L Channel length (m)
Le Lewis number
N Number of experiment
_m Mass flow rate (kg h−1)
MRC Moisture removal capacity (kg h−1)
Nu Nusselt number, hDh=ka
P Perimeter of flow channel (m)
P;Ps Pressure, saturated pressure (Pa)
Q Cooling capacity per unit air flow rate (J kg−1)
q* Equilibrium water uptake, kg kg−1

r Radial coordinate
Ru Universal gas constant, J K−1 mol−1

Rv Gas constant of vapor, JK−1 kg−1

R Separate factor
ST Sum of square of experiment
t Time (s)
T Temperature (°C)
u Velocity (m s−1)
V Mean square
W Water content of the desiccant material (kg kg−1)
Wmax Maximum humidity ration of dry air (kg kg−1)
Y Humidity ratio (kg kg−1)
z Axial coordinate (m)
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Greek letters

a Significance level
a� Dimensionless channel area ration, a=b
ε Performance
ed Wheel effectiveness
u Humidity ratio or degree of freedom
c Isothermal curve gradient of a linear model
h Angular coordinate
q Density (kg m−3)
τ Tortuosity

Subscripts

1, 2, 3 Levels
a Air
ad Air in desiccant pore
d Desiccant
e Error
h Hot
H Constant heat flux
in Inlet
l Liquid
out Outlet
p Process
r Regeneration
REC Regenerative evaporative cooler
SHE Sensible heat exchanger
T Constant temperature
v Vapor
w Desiccant

2.1 Introduction

The design of heating, ventilating and air-conditioning (HVAC) systems for ther-
mal comfort requires increasing attention, particularly to matters arising from recent
regulations and standards for ventilation [1]. Optimum levels of indoor humidity
should be desired to be reached and maintained to ensure a comfortable and healthy
environment. Desiccant cooling systems have advantages in environmentally
friendly operation and separate control of sensible and latent cooling loads, which
leads to comfortable indoor air quality. In addition, the desiccant cooling system is
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a heat-driven cycle and therefore has the ability to use low-grade energy such as
natural gas, waste heat and solar energy.

Desiccant cooling can be used either in a standalone system or a hybrid system
coupled with a vapor compression refrigeration-based air-conditioning system or
free energy such as solar or industrial waste heat [2]. In hybrid systems, more
efficient cooling occurs over a wide range of operating conditions when a vapor
compression refrigeration-based air-conditioning system is combined with a des-
iccant cooling system. This is because in a hybrid system, first the desiccant
dehumidifier efficiently removes the moisture from the fresh ventilated air before it
enters the conditioned space, and then, the vapor compression system removes only
sensible heat from the conditioned space. This type of arrangement removes the
requirement of a low dew point temperature of the evaporator cooling coil and
subsequently reheating.

Numerous studies have assessed the feasibility of desiccant cooling systems
using simulations and experimental methodologies to make them energy-efficient
and cost-effective. The reported studies are related to feasibility studies [3–5]
performance predictions [6, 7], wheel optimization [8–14] and development of new
materials [15–18]

The wide spread use of this technology is not yet possible due to its relatively
large size and low system performance. Mittal and Khan [19] evaluated the per-
formance and energy-saving capacity of a desiccant cooling system composed of
silica gel bed. Compared to conventional air conditioners where indoor air is
completely recycled, the electricity saving is approximately 19%. Advanced des-
iccant materials and novel system configurations have significant potential to
improve performance and reliability. Therefore, improving performance can play a
key role in economic feasibility. Further improvements in the energy utilization
rate, reductions in cost and size, competitive design and production are the key
issues faced by solid desiccant cooling techniques for obtaining more extensive
acceptability in the field of space cooling.

The wheel, where an air-to-air heat and mass transfer takes place at a low
rotation speed, is the most crucial component of the desiccant cooling system.
Therefore, mathematical modeling of the desiccant wheel plays an important role in
enhancing the overall system performance. The optimum wheel speed and thick-
ness, and the operating parameters such as the air flow rate, the relative humidity of
the inlet air and the regeneration air temperature on the wheel performance have all
been examined [11–13, 20–23]. The relationship between the regeneration tem-
perature and the area ratio of the process and regeneration parts has been examined
[12]. Most of the studies have investigated balanced flow, i.e., the wheel is split
equally between the process and regeneration air flows. It is commonly accepted
that as the regeneration temperature decreases, the regeneration section becomes a
larger portion of the wheel. According to the manufacturer’s catalog, a 1:3 split is
generally used at high regeneration temperatures and a 1:1 split is used for low
regeneration temperatures. However, it is doubtful that each area ratio effectively
covers such a broad temperature range.
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The adsorbent properties are also closely linked to enhanced performance. The
development of advanced desiccant materials is focused on improving the sorption
capacity, the moisture and heat diffusion rates, and the equilibrium isotherms [24].
In addition to the sorption capacity and favorable isotherms, a system performance
of these new adsorbents need to be evaluated [17, 18].

From the viewpoint of system performance, the contribution and optimum
condition of each component in the desiccant system, such as the regenerative
evaporative cooler (REC) and sensible heat exchanger, need to be examined in
detail. In addition to the contribution of each system component, the contributions
of operating conditions such as outdoor conditions, regenerative temperature and
rate of outdoor influx also need to be examined.

Researchers have also developed different cycles to achieve high system per-
formance [9, 13, 25–27]. For each configuration, the evaluation of the contribution
of each system component is required to find the optimal configuration.

Heat and mass transfer are coupled, and multiple parameters are involved in
understanding the complicated phenomena in desiccant wheels. Mathematical
models are commonly accepted as an effective method for analyzing the perfor-
mance of the rotary wheels and systems. The models can also be used to guide
system operation, interpret experimental results and assist in system design and
optimization. In this work, a brief review on the mathematical modeling of the
desiccant wheel is examined, and some typical issues and results of case studies are
discussed.

2.2 Modeling

2.2.1 System Description

Jani et al. [2] made a comparison of various desiccant cooling cycles for
air-conditioning and examined the influence of variations in outdoor conditions on
the effectiveness of the system. Figure 2.1 shows a typical desiccant cooling system
compared with a conventional air-conditioning system using vapor compression
refrigeration. In the conventional system, air must be dehumidified by cooling it
below its dew point to meet the latent load (② → ⓒ), and reheating is often
required (ⓒ → ⑤) to satisfy the sensible heat factor (SHF). This implies very poor
energy efficiency, particularly for low SHF, i.e., high latent cooling load.
Additionally, a very low temperature can create a cold draft in the air-conditioned
space.

In a solid desiccant cooling system, the moisture in the ventilated/recirculated
process air is first removed using a rotating desiccant wheel. The temperature of this
dried process air is then further lowered to the desired room conditions using of
sensible heat exchangers and evaporative cooler. To make the system work con-
tinually, the amount of water vapor adsorbed by the rotating desiccant wheel must
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be removed from the desiccant material so that it can be sufficiently dried, i.e.,
regenerated to adsorb the water vapor in the next cycle. This is achieved using a
rotating cylindrical wheel divided into two sections: the adsorption section and the
regeneration section. The desiccant material is heated to regeneration temperature,
which is dependent upon the material, i.e., the desiccant used. The energy required
for regeneration of the rotary desiccant wheel is supplied through the regeneration
heat source, which is either an electrical heater or solar/waste heat.

Fig. 2.1 a Schematic of a desiccant cooling system and b corresponding psychrometric processes
compared with a conventional air-conditioning system using vapor compression refrigeration [13]
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It is more helpful to understand the physics by expressing the process in the
psychrometric chart. The heated and dehumidified supply air exits from the
humidification section of the wheel (② → ③). The processed air operates close to
an enthalpic process; therefore, the outlet temperature of the processed air will be
very high, which reduces the sorption capacity of the desiccant. A sensible heat
exchanger (③ → ④) and an evaporative cooler (④ → ⑤) are required to cool
the dried processed air before it is introduced into occupied spaces. The sensible
heat exchanger acts as a pre-cooler after the desiccant and also as a preheater before
the regeneration section, which results in enhanced performance of the whole
system.

Regeneration occurs on the other side of the partition where the heated air enters,
usually from the opposite direction, and then passes over the desiccant and finally
exhausts from the dehumidifier (⑩ → ⑪). The ideal outlets of process and
regeneration are the points of intersection between lines of constant relative
humidity and enthalpy passing through the inlets of process (②) and regeneration
(⑩), respectively.

2.2.2 Mathematical Modeling

The advantages of mathematical models are that it takes less time and cost than
experimental methods to predict the performance of a desiccant wheel. Therefore,
mathematical models are very convenient to perform parametric research and
optimization analysis. In addition, they can predict fundamental physics and surface
chemistry of rotary desiccant wheels. Consequently, constructing valid mathemat-
ical models for desiccant wheels has become a key subject of many studies.

Mathematical modeling of desiccant wheels is a difficult task because the heat
and mass transfer are coupled and too complicated to completely understand.
Several mathematical models have been constructed and employed to analyze,
develop and design desiccant wheels. Ge et al. [28] reviewed the literature on
mathematical models and classified the models according to the modeling types of
the heat and mass transfer between the humid air in the air channel and the des-
iccant wall. The models can be classified into two main categories: (1) gas-side
resistance (GSR) model and (2) gas and solid-side resistance (GSSR) model. In the
GSR model, heat and mass transfer within the solid desiccant are not taken into
account. The governing equations have relatively simple forms with lower accu-
racy. The GSSR model can be further subdivided into the pseudo-gas-side
(PGS) model, the gas and solid-side (GSS) model and the parabolic concentration
profile (PCP) model.

GSSR models are higher in precision and more complex compared with GSR
models. However, the PGS model requires extensive experimental data to deter-
mine the lumped transfer coefficients with different desiccant materials, and its
reliability is not good enough. The GSS model also suffers from greater compu-
tational effort than the PGS model because of the additional second-order heat and
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mass transfer diffusional items. The PCP model also has limitations including the
assumption that a parabolic concentration profile for moist concentration exists at
all the times in the desiccant particle.

The two-dimensional GSS model was expressed by Charoensupaya and Worek
[29].

Conservation of moisture in the process air is expressed as:
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Conservation of moisture in the desiccant felt is denoted as:
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where DG and DS represent the effective gas phase diffusivity and surface diffu-
sivity, respectively.

Conservation of energy within the desiccant felt is represented with the fol-
lowing equation:
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where the subscript ad represents the air in the desiccant pore.
The rate of energy transfer between the process air and desiccant felt can be

expressed as:
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To save computation time, it is desired to take into account the smallest
dimension as possible in the model. Because the variation in moisture and tem-
perature is more significant in the axial direction, it is often chosen as main
direction for heat and mass transfer when constructing the governing equations.
Sphaier and Worek [30] compared one-dimensional and two-dimensional mathe-
matical models for both the solid-side and gas-side resistance and found that the
one-dimensional formulation could be used in desiccant wheel applications,
whereas a two-dimensional model was needed for an enthalpy wheel when thermal
resistance in the desiccant material was high.

Mass transfer kinetics of adsorbent particles from the inter-particle or
intra-particle viewpoint is an interesting issue in adsorption physics. The
inter-particle mass transfer models include isobaric and non-isobaric models. The
isobaric models are over-simplified to completely ignore the inter-particle resis-
tance. Ahn et al. [31] reported that isobaric models are only valid in certain
restricted ranges.
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Intra-particle mass transfer models include equilibrium, linear driving force
(LDF) and solid diffusion models. Solid diffusion models reflect the physical
essence of mass transfer in the intra-particle resistance. However, they are complex
and difficult to solve; therefore, their application is limited. Therefore, in many
cases, simplified models, such as the LDF model or the equilibrium model, are
used. The LDF model assumes the uptake profile within the particle as a parabolic
function, and the equilibrium model assumes the uptake as a constant. However,
there are few discussions on the application range of these simplified intra-particle
models even for the equilibrium model, which is obviously incorrect considering
that the required equilibrium time is approximately 300 min, which is much longer
than a typical cycle time. Hong et al. [32] discussed the validity of the simplified
intra-particle models of equilibrium and LDF by comparing them to the solid
diffusion model.

Figure 2.2 shows the behavior of the coefficient of performance
(COP) according to the non-dimensional diffusion ratio, tcycleD=r2p for each different
intra-particle diffusion model. For the entire range of non-dimensional diffusion
ratios, the equilibrium model overestimates the performance of the adsorption bed
and plays a role in the upper limit of performance. In contrast, the LDF model,
which is the most commonly used model to analyze the intra-particle mass transfer
kinetics, underestimates the performance of the adsorption bed. The differences
between the models become smaller as the non-dimensional diffusion ratio
increases. Therefore, the equilibrium model and the LDF model can be used if the
non-dimensional diffusion ratio is over a critical value, for example 0.312 for the
equilibrium model and 0.228 for the LDF model, with less than 5% relative error
from the solid diffusion model. Some other cases of the RD-type silica gel that is
frequently used in previous studies [33–35] are provided with their respective
non-dimensional diffusion ratios in Fig. 2.2. Note how much the equilibrium and
the LDF models distort the performance of the adsorption refrigerator system. The

Fig. 2.2 Comparison of the
COP of the three different
models according to the
non-dimensional diffusion
ratio [32]
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three cases of the typical RD-type silica gel used in the earlier studies [33–35] are
overestimated for the equilibrium model by 94.2, 35.0 and 17.7%, respectively, and
the earlier studies are underestimated for the LDF model by 45.0, 20.9 and 11.4%,
respectively. Therefore, the intra-particle diffusion model should be carefully
implemented to avoid seriously distorted results that may occur without serious
consideration of the non-dimensional diffusion ratio of the adsorbent.

2.2.3 Chanel Geometrics

Desiccant wheels consist of a frame with a thin layer of desiccant material. The
channels of the desiccant wheel frame are fabricated in various structures such as
honeycomb, triangular, sinusoidal [36]. Studies have been conducted, mostly on
one-dimensional analysis of channel section [37, 38]. However, there has been
scanty research interest on channel shape or channel section area. Al-Sharqawi and
Lior [39] and Chung et al. [40] introduced a comparative numerical solution of a
heat and mass transfer problem in ducts with different cross-sectional geometries
such as circular, square and triangular.

Figure 2.3 illustrates the typical channel shapes. Previous studies have identified
the hydraulic diameter and Nusselt number for each channel shape. For example,
the hydraulic diameter and Nusselt number for a sine-shaped channel (Fig. 2.3) are
shown in Eqs. (2.5)–(2.8). The Lewis number for the mass transfer was set at 1 in
all cases.

Dh=b ¼ ð1:0542� 0:4670a� � 0:1180a�2 þ 0:1794a�3 � 0:043a�4Þ � a� ð2:5Þ

NuT ¼ 1:1791� ð1þ 2:7701a� � 3:1901a�2 � 1:9975a�3 � 0:4966a�4Þ ð2:6Þ

NuH ¼ 1:903� ð1þ 0:4556a� þ 1:2111a�2 � 1:6805a�3

þ 0:7724a�4 � 0:1228a�5Þ ð2:7Þ

Nu ¼ ðNuT þNuHÞ=2 ð2:8Þ

where a� ¼ a=b, and a, b are the channel height and width, respectively.

Fig. 2.3 Channel shapes considered in this study
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Figure 2.4 shows changes in heat transfer according to the channel shape and
section area. (A) indicates a rectangular channel, (B) a triangular channel, (C) a
sine-shaped channel (a:b ¼ 1:1), (D) a sine-shaped channel (a:b ¼ 1:2), and (E) a
sine-shaped channel (a:b ¼ 2:1). The amount of heat transfer was compared for the
desiccant wheel with same channel section area but different channel shape.
A triangular channel and a sine-shaped channel have a similar hydraulic diameter
and Nusselt number. Conversely, a rectangular channel has a greater hydraulic
diameter and Nusselt number and as a result has a larger heat/mass transfer for the
same section area. Therefore, a rectangular channel may be more efficient than a
triangular or sine-shaped channel. However, the performance of a desiccant wheel
cannot be solely judged by the Nusselt number. As Fig. 2.5 shows, the circum-
ference of the unit channel area and the unit desiccant area can also influence the
performance of a desiccant wheel. A greater unit-area circumference results in more
efficient heat/mass transfer, which explains why a triangular or sine-shaped channel
is more efficient than a rectangular channel. [39], who did not included a
sine-shaped channel in their study, have also showed that triangular ducts provide
higher convective heat and mass transfer and absorb 11 and 42% more water than
square and circular ducts, respectively. Gao et al. [37] discussed the effect of the felt
thickness and the passage shape on the performance of a desiccant wheel and found
that as the thickness of the sorbent increases, the moisture removal capacity
(MRC) of the desiccant wheel improves, and a sinusoidal air flow passage was the
best shape for greater MRC.

For the same sine-shaped channel, the amount of heat transfer may vary greatly
according to the aspect ratio. In the case of (E), the amount of heat transfer was
greatest at an aspect ratio of a:b ¼ 2:1.

Fig. 2.4 Variation in the heat
transfer coefficient according
to the channel shape and size
[40]
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Figure 2.6 shows the influence of the channel shape corresponding to Fig. 2.4
for the same channel section area. It presents average humidity (Ya) at the outlet of
the dehumidification section according to time. The index of performance, which is
the amount of dehumidification or the difference between the humidity at the inlet
and the average humidity at the outlet of the dehumidification section
(Ya;in � Ya:ave), is also included.

To compare the influence of each factor, two additional sets of data were
examined and compared to the standard condition: air flow rate, ua ¼ 2:0 m/s;
channel section area ¼ 1� 10�5 m2; channel wall thickness, c ¼ 0:15� 10�3 m;
channel length, L ¼ 0:3 m; mass fraction of the desiccant, fm ¼ 0:7; desiccant

Fig. 2.5 Circumference of
the unit channel area and unit
desiccant area [40]

Fig. 2.6 Effect of channel
shape on the performance of
the desiccant wheel [40]
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separate factor, R ¼ 0:1; maximum water uptake capacity, Wmax ¼ 0:4; dehumid-
ification time, tp ¼ 100 s; and the area ratio of regeneration to the dehumidification
section, tr=tp ¼ 0:8. The silica gel properties were used for q; cp.

A sine-shaped channel with an aspect ratio a:b ¼ 2:1 showed the best excellent
dehumidification performance and had the highest heat transfer (Fig. 2.4) and
greatest circumference (Fig. 2.5). The most widely used sine-shaped channel with
an aspect ratio a:b ¼ 1:1 did not show particularly superb performance compared to
the other channel shapes. Specific data are not presented here, but the same trend
was observed for different regeneration times (or rotating speed; 50 and 150 s) and
an area ratio of 0.9 between the regeneration and the dehumidification section.

The channel section area was set at 0:59� 10�5 m2, 1� 10�5 m2 and
1:69� 10�5 m2 for a widely used sine-shaped channel (dotted line) and a
sine-shaped channel with an aspect ratio a:b ¼ 2:1 (solid line), respectively, to
measure the humidity distribution and amount of dehumidification at a desiccant
wheel outlet (Fig. 2.7). Regardless of the channel shape, both had better perfor-
mance with a smaller channel section area. For the latter, the amount of dehu-
midification increased 13.2% when the section area diminished by 1:32 times
compared to the standard condition (1� 10�5 m2). The improvement was much
greater than the sine-shaped channel with an aspect ratio a:b ¼ 1:1, which had only
a 5.3% increase. The consequent pressure decline does not have a significant impact
on the overall cooling system. To improve the performance of a desiccant wheel, it
is important to diminish the channel section area.

Variations in wheel size were examined for the mass fraction
(fm ¼ 0:7=1:3; 0:7; 0:7� 1:3; 0:7� 1:5), specific heat (cp=1:5, cp=1:3, cp, 1:3cp),
density (q=1:3, q, 1:3q, 1:5q) and isothermal curve (R ¼ 0:05; 0:1; 0:4; 1:0). By

Fig. 2.7 Effect of the
channel size on the
performance of a desiccant
wheel [40]
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adjusting the channel shape and section area, the channel length L could be reduced
by 43% to yield the same performance under standard conditions. By improving the
properties of the desiccant, the size of a desiccant wheel could be reduced by 29%,
while maintaining the same dehumidification capacity. When the channel factors
and desiccant factors were combined under optimal conditions (sine-shaped channel
with an aspect ratio 2:1, channel area 0:59� 10�5 m2, desiccant mass 1:3fm,
specific heat cp=1:3, density 1:3q and R ¼ 0:4), the size of a desiccant wheel could
be reduced by as much as 66% to perform on the same level as under standard
conditions (sine-shaped channel with an aspect ratio 1:1, channel area 1� 10�5 m2,
desiccant mass 0:7fm, specific heat cp, density q and R ¼ 0:1). The results of the
analysis also suggest that the channel section area is the most influential factor that
decides the size of a wheel, followed by the separate factor R and the channel shape.

2.2.4 Adsorbent

At present, commercially available desiccants include silica gel, activated alumina,
natural and synthetic zeolites, titanium silicate, lithium chloride and synthetic
polymers. Silica gel is one of the best performing and commonly investigated
materials in desiccant wheels owing to its good long-term stability, minimal hys-
teresis and availability of data in the literature for comparison and specification.
However, it is not a heat-resistant material and therefore is only adequate for low
regeneration temperatures.

Zeolites are a common alternative to silica gel because they have widespread
chemical uses and can be synthesized according to the application requirements.
Conventional zeolites, such as Type A and Type Y, show a typical S-shaped
adsorption isotherm, which is ideally suited for dehumidification and drying pro-
cesses. However, their adsorption isotherm generally has a zone of steepest gradient
in the low humidity range, i.e., the minimal amount of adsorbed water vapor is
achieved only at extremely low relative humidity. A new generation of zeolites has
raised interest both in adsorbent characterization and cooling applications.
AQSOA™ (Aqua Sorb Adsorbent) zeolites, recently developed by Mitsubishi
Plastics Inc., is an interesting solution to exploit low-grade heat. With this new
generation of zeolites, a favorable S-shaped isotherm remains and the steepest
gradient zone of the adsorption isotherm is shifted toward higher relative humidity
values compared with conventional zeolites such as Type A or Type Y [41]. The
experimental results of several studies are available on alternative desiccant
materials [42]; however, only a few have investigated the new generation of zeolites
[17], and neither a comprehensive nor a model-driven numerical analysis has been
carried out on AQSOA zeolite-based desiccant wheels.

The apparently favorable moisture adsorption characteristics of AQSOA are
alleged to improve the dehumidification performance of the wheel. However, recent
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experimental results [17] showed that silica gel performed as well and sometimes
better than the alternative materials over a range of conditions comparing desiccant
wheels using silica gel, a super adsorbent polymer and a ferroaluminophosphate
(FAM-Z01) zeolite material. It was not clear whether these performance differences
were attributed to differences in the desiccant adsorption isotherms or to other
material properties. Recently, Hong et al. [18] discussed this issue.

Silica gel has a linear-shaped isotherm, which causes a slow adsorption rate and
small adsorption capacity; however, it has some attractive characteristics such as a
lower adsorption heat (*2400 kJ/kg) than zeolites, which reduces the amount of
input energy required to remove the heat from the exothermic reactions. FAM-Z01
has a high adsorption rate and a large adsorption capacity due to its S-shaped
isotherm, which increases the possibility of it becoming commercially available.
Kim et al. [43] developed a hybrid isotherm equation combining both the Henry
and Sips equations, from which a comparison of adsorption rates was made
between FAM-Z01 and various conventional silica gels (Type-A5BW, Type-RD
2560 and Type-A++). They showed that FAM-Z01 has a larger adsorption capacity
than silica gels. The characteristics of FAM-Z01, particularly it isotherm, have been
investigated. However, although the isotherm is important to the adsorption
capacity, it is only one factor among various parameters that have a complex effect
on the system performance. By individually examining the effect of each parameter,
the guidelines for developing a new adsorbent can be obtained.

q� ¼ bKH
P
Ps

� �
þ 1� bð Þ

qm KS
P
Ps

� �1=n

1þ KS
P
Ps

� �1=n
ð2:9Þ

Equation (2.9) is a combined isotherm equation of both the Henry and Sips
equations for FAM-Z01, which was proposed by Kim et al. [43]. The valid range of
Eq. (2.9) is 20 °C < Tb < 80 °C. The total of nine coefficients that appeared in
Eq. (2.9) was obtained using the following equations:

K ¼ K0 exp � Hsor

RvTb

� �
ð2:10Þ

n ¼ Aþ B
T

ð2:11Þ

b ¼ exp �a
P
Ps

� �
ð2:12Þ

a ¼ j1 þ j2
T
Tref

ð2:13Þ
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The coefficients used in Eq. (2.9)–(2.13) are shown in Table 2.1. The isotherm
equations of the conventional silica gels in the form of the Freundlich or Toth
equation are as follows:

Type-RD silica gel [44]

q� ¼ A Tbð Þ P
Ps

� �B Tbð Þ
ð2:14Þ

The simulation results for FAM-Z01 and Type-RD silica gel applied to the
fin-tube-type adsorption bed in 0.09 < P/Ps < 0.40 are shown in Fig. 2.8 and
Table 2.2. Kim et al. [43] ascertained that the performance of the adsorption bed is
directly proportional to the adsorption rate, but Fig. 2.8a shows that the adsorption
chill using FAM-Z01 has only a 2.1% higher Δqmax. The COP of the
FAM-Z01/water systems is 14.4% lower and 3.87% higher than that of the
Type-RD silica gel, respectively.

The performance of the FAM-Z01/water system is expected to be enhanced
because of the increased adsorption capacity due to the nature of the S-shaped
isotherm. However, the results show a decreased COP compared to the Type-RD
silica gel/water system for the same conditions (0.09 < P=Ps < 0.40). To examine
the cause of the low performance of FAM-Z01, we artificially changed the
thermo-physical properties of Type-RD silica gel to match FAM-Z01, one by one,

Table 2.1 Coefficients used
in the FAM-Z01 isotherm
equation [18]

Coefficient Value Coefficient Value

K0,H 4.717 × 10−3 Hsor,H −8.773

κ1 9.097 κ2 −3.569

K0,S 6.288 × 10−2 Hsor,S −11.24

A −7.734 × 10−1 B 2.732 × 102

qm 2.175 × 10−1 R2 0.989

Fig. 2.8 Comparison of the a volume-averaged water uptake and b volume-averaged bed
temperature between FAM-Z01 and Type-RD silica gel [18]
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and examined the Dqmax and COP. Case (1) on the x-axis in Fig. 2.9 corresponds to
Type-RD silica gel. Case (2) represents changing the isotherm property to match
FAM-Z01, while keeping the remaining properties of Type-RD silica gel the same.
Case (3) represents changing the isotherm and density to match FAM-Z02, while
keeping the remaining properties of Type-RD silica gel the same. In the same
manner, FAM-Z01’s (4) specific heat, (5) adsorption heat, (6) thermal conductivity,
(7) porosity and (8) diffusion coefficient were substituted in consecutive order.
Finally, case (8) is the result of FAM-Z01. Although case (2)–case (7) are artificial,
this strategy provides insight about which property of FAM-Z01 increases or
decreases the system performance and the influence each property has on the
system performance.

Figure 2.9 and Table 2.3 show the variation of Dqmax, according to the changes
in the thermo-physical properties one by one, from Type-RD to FAM-Z01. The
bigger the Dqmax, the larger the cooling energy Qeva. Case (2), where the isotherm
of FAM-Z01 was used, has a 22.9% higher Dqmax than Case (1), i.e., Type-RD
silica gel. This advantage originates from FAM-Z01’s S-shaped isotherm. Case (3),
where the density of FAM-Z01 was additionally used, has a 3.28% higher Dqmax

than case (2). The density of FAM-Z01 is lower than Type-RD silica gel. When the
density is changed to a low value, the heat transfer capacity is increased; therefore,
the mass transfer resistance is reduced. The increased mass transfer capacity causes
the adsorption bed to reach the pressure of the evaporator or condenser more
rapidly. As a result, the Dqmax is increased. Case (4) is the results obtained by the

Table 2.2 Performance of each adsorption bed with the FAM-Z01/water and Type-RD silica
gel/water systems [18]

FAM-Z01 Type-RD silica gel

Δqmax (kg/kg) 0.1368 0.1340

COP 0.5623 0.6572

Fig. 2.9 Variation of the
Δqmax after changing the
thermo-physical properties, 2
isotherm, 3 density, 4 specific
heat, 5 adsorption heat, 6
thermal conductivity and 7
porosity from 1 Type-RD
silica gel to 8 FAM-Z01 [18]
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addition of the specific heat of FAM-Z01. The specific heat of FAM-Z01 is lower
than the Type-RD silica gel, which results in a lower thermal resistance. The Dqmax

is increased by the enhanced heat transfer capacity. However, the effect of the
specific heat is minor (only a 0.06% increase). The adsorption heat of FAM-Z01
was added to case (5). The adsorption heat indicates the degree of the exothermic
and endothermic reactions coming from the phase change in the adsorbate. The
larger the adsorption heat, the stronger the reaction, which increases the thermal
resistance of the adsorption bed. FAM-Z01 has a 30% larger value of adsorption
heat than Type-RD silica gel, which results in an 8.11% decrease in the Dqmax. Case
(6), with the addition of the thermal conductivity of FAM-Z01, shows a 7.54%
lower Dqmax than case (5). Thermal conductivity is also proportional to the heat
transfer capacity. The lower thermal conductivity of FAM-Z01 decreases Dqmax.
The porosity of FAM-Z01 was added to case (7). Adsorption occurs by diffusion on
the pore surface of the adsorbent (particle); therefore, the adsorption rate is
enhanced by large porosity. However, the proportion of vapor with low thermal
conductivity is also increased when the porosity is large, which reduces the
effective thermal conductivity. The simulation result indicates that the lower
porosity of FAM-Z01 increases the Dqmax by 3.67%. Case (8) is the case where the
diffusion coefficient of FAM-Z01 (Dso= exp �Ea= RuTbð Þð Þ) is added, and finally all
the properties of FAM-Z01 are used. The adsorption rate is enhanced as the Dso

increases and the Ea decreases. Li et al. [45] showed that the diffusion coefficient of
FAM-Z01 is lower than Type-RD silica gel. The smaller diffusion coefficient
enlarges the intra-particle mass transfer resistance and decreases the Dqmax by
8.74%.

In conclusion, the adsorption rate is increased by the S-shaped isotherm, small
density, small adsorption heat, large thermal conductivity, small porosity and large
diffusion coefficient. Conversely, the characteristics of FAM-Z01, such as large
adsorption heat, low thermal conductivity and low diffusion coefficient, are the
factors that decrease the adsorption rate.

Table 2.3 Rate of increase in
system performance [18]

Δqmax (%) COP (%)

Case (1) 0 0

Case (2) +22.9 +4.47

Case (3) +3.28 −0.58

Case (4) +0.06 −0.64

Case (5) −8.11 −16.1

Case (6) −7.54 −1.00

Case (7) +3.67 +0.63

Case (8) −8.74 −0.93
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2.2.5 Isotherm

Inside the porous medium, two phases of water (vapor and adsorbed water) coexist
in an equilibrium state, which is characterized by the water vapor–adsorbent
sorption isotherm. There are many types of equilibrium adsorption relationships.
The relative humidity of the moist air in equilibrium with the adsorbent, /, and the
separation factor, R, is used to calculate the water content of the adsorbent, W :

W=Wmax ¼ u= Rþð1� RÞu½ � ð2:15Þ

Some researchers consider that W is a function of / and the temperature of the
moist air in equilibrium with the adsorbent Td can be represented as:

W ¼ f ðTd; YdÞ ¼ gðTd;uÞ ð2:16Þ

Sometimes it is assumed that W is a function of / only, and invariable with the
temperature Td:

W ¼ f ðuÞ ð2:17Þ

In the previous section, we showed that the performance of a desiccant wheel
depends on the properties of the adsorbent, but the most influential factor was the
isotherm. For the development of a new adsorbent, the isotherm would be one of
the targets to find the optimal isotherm shape that leads to maximum dehumidifi-
cation and explains the reason why the isotherm shape enhances dehumidification
on a particular working condition.

From the viewpoint of the regeneration temperature, when the regeneration
temperature increases, the wheel operates at a lower mean relative humidity.
Therefore, the ideal isotherm is shifted so that the maximum possible moisture
gradient occurs over the encountered range of relative humidity. However, it is hard
to draw a general conclusion because the ideal isotherm shape varies according to
the supply and regeneration air inlet conditions.

In previous studies, a different optimal isotherm shape was reported in each
study. Collier et al. [46] found that a general moderately convex isotherm shape
gives the best compromise between efficient dehumidification and regeneration
processes. However, Zheng et al. [10] found that an isotherm with R = 0.07
resulted in the maximum dehumidification performance for Type 1. Dai et al. [11]
presented that the desiccant isotherm shape is the most important factor in deter-
mining the wave front shapes within the desiccant matrix. They also discussed the
effect of the separation factor (R = 0.01–1) of the isotherm shape on the regener-
ation temperature of the desiccant wheel.
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2.2.6 Analytic Modeling

Analytic modeling is very important to provide physical insight and a basis for the
examination of numerical and experimental results. However, analytic approaches
are subject to extensive assumptions; therefore, they cannot explain the complex
phenomena involved in coupled heat and mass transfer in desiccant wheels. Most of
the previous studies are based on numerical models and analytical studies are
scarce. Banks [47, 48] assumed that a desiccant wheel might be represented by the
superposition of two heat transfer regenerators driven by combined potentials and
presented methods for predicting exit air-conditions. However, intense numerical
computation is eventually required due to the nonlinear nature involved in the
solutions, which restricts the practical applicability of analytical methods to engi-
neering practices. Lee et al. [49] and Kim et al. [50] presented analytical solutions
for the simplified governing equations based on assumption of linear temperature
and concentration profiles [49] and uniform heat and mass fluxes [50] at the
air-desiccant interface.

Recently, Lee and Kim [51] proposed a simple, yet accurate, integral model and
validated the model by comparing with a FDM model and experimental data in the
literature. The analysis of the solution revealed that the behavior of a desiccant
wheel depends primarily on three dimensionless numbers of the thermal time
constant and the Jakob numbers, namely C�

r , Jaa and Jas. The dimensionless
numbers (Jaa and Jas) are the thermodynamic characteristics of an air-desiccant
system that deicide the behavior of a desiccant wheel.

2.2.7 Numerical Modeling

Numerical simulation of heat and moisture interactions between the air stream and
the particles in a desiccant bed provides useful insight into the dynamics of the bed
and its performance characteristics. Assessing the great number of available options
and their optimum combinations involved in the design of a desiccant wheel is a
time-intensive task when using an experimental approach. Therefore, modeling and
numerical simulations are highly effective tools when designing a desiccant wheel
because they effectively isolate one variable at a time to examine trends and causes.
Different methods of numerical solution have been used by many researchers with
different simplified treatments of the fluid and solid domains to predict the behavior
of air dehumidifying systems [28].

Figure 2.10 shows the schematic of a desiccant wheel. A desiccant wheel is
made by either impregnating a honeycomb-patterned microstructure wheel with a
solid desiccant (e.g., silica gel or zeolite), or by coating the same substance on
corrugated sheet and rolling it into a wheel. A desiccant rotor contains numerous
channels, with a fixed ratio of the regeneration to the dehumidification section.
A desiccant section absorbs water, and a slow-revolving desiccant wheel moves the
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section to the high-temperature regeneration section to restore the dehumidifying
ability. Then, the desiccant part returns to its initial stage.

Multi-dimensional mathematical models reflecting the effects in radial or cir-
cumferential directions can be used to analyze the heat and mass transfer processes
comprehensively with improved accuracy. However, the complexity increases
simultaneously. Most physical models used in numerical studies of desiccant
wheels have been analyzed through 1-D mathematical formulations based on the
hypotheses of negligible cross-direction resistance to heat and mass transfer inside
the desiccant wall [11, 12, 22, 37, 52–54]. The validity of one-dimensional models
is acceptable to relatively thin desiccant walls of the hygroscopic matrix and has
been investigated in some studies [30, 55, 56].

Because of the geometric similarity and to avoid prohibitive computation costs,
it is reasonable to represent the multiple annular layers of straight slots in the
desiccant wheel using a “representative annulus” whose cross-sectional view is
presented in Fig. 2.10. In this way, the three cylindrical coordinates (r, θ, z) can
reasonably be reduced to a steady two-dimensional (θ, z) or unsteady
one-dimensional (t, z) problem. In the present study, the unsteady one-dimensional
model (t, z) is chosen for the coupled heat and mass transfer process in the rotary
desiccant wheel. The numerical analysis is based on the following assumptions:

(1) The airflow is one-dimensional;
(2) The axial heat conduction and mass diffusion in the fluid are neglected;

Fig. 2.10 Schematic of a desiccant wheel and the computational domains [22]
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(3) There is no leakage of fluid in the desiccant wheel;
(4) All ducts are impermeable and adiabatic;
(5) The thermodynamic properties are constant and uniform; and
(6) The heat and mass transfer coefficient between the airflow and the desiccant

wall is constant along the channel.

2.2.7.1 Governing Equations

Based on the above assumptions, the energy and mass conservation equations can
be obtained as follows [20, 57].

Mass conservation for the process air:

@Ya
@z

¼ hmPp

uaqaAp
Yd � Yað Þ ð2:18Þ

where the left-hand and right-hand sides represent the sorbate influx by the fluid
flow and the sorbate transfer rate to the felt, respectively. Contrary to the adsorbent,
the moisture storage in the air can be neglected.

Energy conservation for the process air:

Cpa þ YaCpv
� � @Ta

@z
¼ hPp

uaqaAp
Td � Tað Þ ð2:19Þ

where the left-hand side represents the sum of the energy transferred by the fluid
flow and decreased by the sorbate transfer to the felt, and the right-hand side
represents the conduction heat transfer to the felt. Again, the energy storage in the
humid air can be neglected.

Conservation of water content for the absorbent:

@W
@t

¼ hmPd

qdfmAd
Ya � Ydð Þ ð2:20Þ

where the left-hand and right-hand sides represent the moisture storage term inside
the desiccant and the convective mass transfer between the air and the desiccant,
respectively. A mass diffusion within the solid desiccant in the axial direction is
neglected.

Conservation of energy for the absorbent:

Cpd þ fmWCpl
� � @Ta

@t
¼ hPd

qdAd
Ta � Tdð Þþ hmHsorPd

qdAd
Ya � Ydð Þ ð2:21Þ

where the first term on the left-hand side is the energy transfer by heat conduction
and the second term is energy transfer by mass transfer. The first term on the
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right-hand side of Eq. (2.21) calculates the convective heat transfer between the
solid desiccant and air. The second term on the right-hand side expresses the
influence of the adsorption heat.

2.2.7.2 Boundary and Initial Conditions

The above equations are subject to the following boundary and initial conditions,
which are easily obtained considering the periodic nature of the desiccant wheel.

For the process section:

Tap t; 0ð Þ ¼ Tap;in ð2:22aÞ

Yap t; 0ð Þ ¼ Yap;in ð2:22bÞ

Tdp 0; zð Þ ¼ Tdr tr; L� zð Þ ð2:22cÞ

Ydp 0; zð Þ ¼ Ydr tr; L� zð Þ ð2:22dÞ

For the regeneration section:

Tar t; 0ð Þ ¼ Tar;in ð2:23aÞ

Yar t; 0ð Þ ¼ Yar;in ð2:23bÞ

Tdr 0; zð Þ ¼ Tdp tp; L� z
� � ð2:23cÞ

Ydr 0; zð Þ ¼ Ydp tp; L� z
� � ð2:23dÞ

2.2.7.3 Auxiliary Equations

The governing Eqs. (2.18)–(2.21) have 5 unknowns Ta, Td, Ya, Yd, and W . To solve
this set of equations, i.e., to close the problem, it is necessary to relate the equi-
librium composition Yd to the water content W and temperature of the adsorbent Td.
Here, we employ silica gel as the desiccant material; therefore, the water content in
the desiccant is governed by the following isotherm [58, 59]:

ud ¼ 0:0078� 0:0576W þ 24:2W2 � 124W3 þ 204W4 ð2:24Þ

where /d is the equilibrium relative humidity over the desiccant with a water
content W .
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Here, we employ another isotherm as follows:

W
Wmax

¼ /d

Rþ 1� Rð Þ/d
ð2:25Þ

where /d is the equilibrium relative humidity over the desiccant with a water
content W and R is the separate factor. Figure 2.11 shows the adsorption capacity
behavior according to the separate factor. It is obvious to expect a larger adsorption
capacity (i.e., a higher wheel performance) for a higher Wmax. Therefore, we fixed
Wmax ¼ 0:4 and confined our attention to the effect of R on the optimal operation
conditions.

The relationship between the humidity ratio and the relative humidity is
expressed as:

Yd ¼ 0:622/dPs

P� /dP
ð2:26Þ

In addition, the values of the adsorption heat Hsor, convective transfer coefficient
h, thermal conductivity k and moisture diffusivity De in the desiccant material are
required.

Typical diffusion theory holds that the water vapor molecule has three types of
diffusion modes in porous mediums: Fickian diffusion, Knudson diffusion and
surface diffusion. Fickian diffusion and Knudsen diffusion occur in series in the
pore, and these two diffusions are summarized as the pore diffusion. Moreover, the
pore diffusion and the surface diffusion occur in parallel. Fickian diffusion occurs
when the mean free path is relatively short compared to the pore size. Knudsen

Fig. 2.11 Schematic of the
isotherm shape according to
the separate factor
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diffusion is dominant when the mean free path of gas molecules is relatively long
compared to the pore size. Pesaran and Mills [60] reported that surface diffusion is a
dominant one in moisture transfer in micro-porous silica gel (regular density silica
gel). However, for macro-porous silica gel (intermediate density silica gel), both
Knudsen diffusion and surface diffusion are important mechanisms. Fickian diffu-
sion can be negligible for silica gel at atmospheric pressure.

The effective diffusivity associated with Knudsen diffusion in a porous desiccant
medium can be written as [61]:

DK;eff ¼ 97rv

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
T þ 273:15

Rv

s
ev
sv

ð2:27Þ

The effective diffusivity associated with the surface diffusion of adsorbed water
Ds;eff in a porous desiccant medium is directly influenced by the path tortuosity s
and depends on the adsorbate–adsorbent pair. In the present work, the following
equation was used [61]:

Ds;eff ¼ Ds0

sl
exp

�4:5� 10�4Hsor

bRv T þ 273:15ð Þ
� �

ð2:28Þ

where b depends on the type of adsorption bond and Ds0 is a constant that depends
on the adsorbent.

2.2.7.4 Numerical Procedures

The aforementioned governing equations are discretized into finite difference
equations by an implicit, forward difference scheme. All the simulations in this
paper are performed with a grid of 800 for time and 50 for space. The grid inde-
pendence has been proved to be valid within a tolerable limit. A cyclic steady state
is obtained within 10 iterations with a relative error of 1� 10�5 which is a root
mean square of D/ ¼ /� /old� �

=/
		 		, / ¼ Ta; Td; Ya; Yd. The relative error of the

uptake mass with the release mass is lower than 0.5%.
Simulations have been conducted for a desiccant wheel with a width of 0.2 m

and a silica gel wall thickness of 0.15 mm. The geometry of the channels in the
wheel shown in Fig. 2.10 is sinusoidal with a width (b) of 3.5 mm and a height (a)
of 1.75 mm. The air velocity is 2 m/s in both the adsorption and regeneration
period. The convective heat transfer coefficient and hydraulic diameter are
expressed in Eqs. (2.5)–(2.8) from the Nusselt number in the sinusoidal-shaped
channels [62]. Table 2.4 includes the data for all the properties and geometries
employed in the simulations.
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2.2.8 Performance Index

The main function of a desiccant wheel is to remove the water vapor from the
process air. Therefore, the performance indices represent the dehumidification
capacity of the desiccant dehumidifier. There are several performance indices such
as moisture removal, relative moisture relative efficiency, effectiveness of the wheel
and the dehumidification coefficient of the performance of the wheel.

The primary performance indicator is assessed using the moisture removal
capacity (MRC), as described in the ASHRAE proposed national standard method
of testing [63]. The MRC quantifies the amount of moisture removed from the
processing stream as it passes through the desiccant wheel using the following
equation:

MRC ¼ _mp Yap;in � Yap;out
� � ð2:29Þ

If the humidity is fixed at the process and regeneration inlets, the behavior of the
MRC is usually similar to the effectiveness defined in Eq. (2.30), which is used in
other literature [21, 57]. Based on the effectiveness, the best performance is
obtained at the lowest adsorption-side outlet humidity, Yap;out.

ed ¼ Yap:in � Yap;out
Yap;in

ð2:30Þ

Table 2.4 Input data used in the simulations

Channel shape Sinusoidal

Height, a 1.75 � 10−3 m

Width, b 3.5 � 10−3 m

Wall thickness, c 0.15 � 10−3 m

Wheel length 0.2 m

Facing area 1 m2

Facing air velocity, ua 2.0 m s−1

Desiccant material

Mass fraction of sorbent, fm 0.7

Capacity, Cpd 921 J kg−1 K−1

Density, qd 720 kg m−3

Heat of sorption, Hsor 2502.68 + CpvTa kJ kg−1

Air density, qa 1.1614 kg m−3

Capacity, Cpa 1007 J kg−1K−1

Thermal conductivity, ka 0.0263 W m−1K−1

Water vapor capacity, Cpv 1872 J kg−1 K−1

Liquid capacity, Cpl 4186 J kg−1 K−1
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In the case of an unbalanced flow, the mass flow rate _mp will change according
to the ratio of the area of regeneration to dehumidification, Ar=Ap. Therefore, the
MRC is more appropriate than ed as a performance index of unbalanced flow. At the
optimum rotational speed, the MRC reaches a maximum; however, this does not
mean a minimum value of Yap;out because the mass of the moisture removed can
become larger not only by decreasing the outlet humidity of the process section, but
also by increasing the area of the process section.

2.3 Research Issues and Case Studies

2.3.1 Wheel Speed

The desiccant wheel is the key component of a desiccant cooling system, and the
optimum rotation speed is one of the most important factors that can improve the
performance of the wheel. The rotation speed should not only be low enough for
complete regeneration, but also be high enough to keep the adsorbent far from
equilibrium. This conflict yields the optimum rotation speed. The existence of an
optimum rotation speed, at which the humidity of the product air becomes mini-
mized, has already been reported [20, 21].

2.3.1.1 Dependence on the Regeneration Temperature and Ar=Ap

For outdoor conditions when Tp;in ¼ 30 °C and /p;in ¼ 40%, Fig. 2.12 shows the
variation of the adsorption-side outlet humidity for various wheel speeds

Fig. 2.12 Variations of
adsorption-side outlet
humidity for various wheel
speeds at each regeneration
temperature (60, 90, 120 and
150 °C) [12]
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(=3600=ðtp þ trÞ rph) for each regeneration temperature (60, 90, 120 and 150 °C).
The optimum area ratio of process to regeneration, Ar=Ap, varies depending on the
regeneration temperature, and the resulting optimum Ar=Ap is 0.784, 0.623, 0.521
and 0.424 corresponding to the regeneration temperatures 60, 90, 120 and 150 °C,
respectively. The solid lines in Fig. 2.12 show the results for Ar=Ap ¼ 0:784, and
the dashed lines are for Ar=Ap ¼ 0:784; 0:623; 0:521 and 0:424. Note that the
optimum value of Ar=Ap is obtained by maximizing the MRC. If the wheel diameter
is fixed, the mass of the moisture removed can be increased not only by decreasing
the outlet humidity of the process section, but also by increasing the process section
area. Therefore, we cannot say that the optimum performance is found at the
minimum value of the outlet humidity of the process section if the value of Ar=Ap is
the design parameter. Figure 2.13 clearly shows this. If the MRC is chosen as an
indicator of wheel performance, the maximum mass of moisture removed is found
at the optimum value of Ar=Ap, but in Fig. 2.12, the minimum humidity is found at
other values of Ar=Ap.

2.3.1.2 Dependence on the Regeneration Temperature and Outdoor
Conditions

The variation of optimum wheel speed as a function of the regeneration temperature
and outdoor conditions is shown in Fig. 2.14. For convenience, four outdoor
conditions are nominated. Regardless of the outdoor conditions, as the regeneration
temperature increases, the optimum wheel speed decreases and then approaches a

Fig. 2.13 Variations of the
MRC for various wheel
speeds at each regeneration
temperature (60, 90, 120 and
150 °C) [12]
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constant value. At low regeneration temperatures, the optimum speed is not as
sensitive to the outdoor conditions compared with high regeneration temperatures.
In addition, the optimum wheel speed is dependent on the outdoor humidity. The
highest optimum wheel speed is observed for outdoor conditions Tp;in ¼ 30 °C and
/p;in ¼ 40% where the humidity has the smallest value (10.6 g/kga). The optimum
wheel speed is almost the same for the outdoor conditions Tp;in ¼ 30 °C,
up;in ¼ 55% and Tp;in ¼ 35 °C, up;in ¼ 40%. Note that the humidity of these two
outdoor conditions is very close (14.6 and 14.1, respectively). The humidity
19.6 g/kgs, which corresponds to the outdoor conditions Tp;in ¼ 35 °C and
up;in ¼ 40%, results in the lowest optimum wheel speed. For the optimization
procedure to maximize the MRC, the IMSL routine ZXMWD is linked to the
program to evaluate the wheel performance.

2.3.1.3 Dependence on the Isotherm

Figure 2.15 shows the optimal rotation speed and its dependency on the regener-
ation temperature and isotherm shape with different values for the separation factor
R in Eq. (2.25). Note that the present results differ from earlier studies, which found
that the optimum rotating speed was a condition of the fixed regeneration tem-
perature and Ar=Ap. As the regeneration temperature increases, a monotonic
decrease in the optimal rotation speed is observed R[ 0:2, but the behavior is
reversed as R becomes less than 0.2. Therefore, the highest optimum rotation speed
is found at R ¼ 0:2 at low regeneration temperatures, but R ¼ 0:05 at high
regeneration temperatures. The exceptional behavior of R ¼ 0:01 is explained by

Fig. 2.14 Variations of the
optimum wheel speed as a
function of the regeneration
temperature and outdoor
conditions [12]
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observing differences in water content of process and regeneration. Note that at low
regeneration temperatures, the optimum speed is not as sensitive to the isotherm
shape compared with at high regeneration temperatures.

The effect of the value of Ar=Ap on the wheel performance is investigated at
different regeneration temperatures and isotherm shapes. Variations in the optimum
value of Ar=Ap as a function of the regeneration temperature are shown in Fig. 2.16
for each isotherm shape. The optimum value of Ar=Ap is more sensitive to the

Fig. 2.15 Variations of the
optimum rotation speed as a
function of the regeneration
temperature and isotherm
shape [54]

Fig. 2.16 Variations of the
optimum value of Ar=Ap as a
function of the regeneration
temperature and isotherm
shape [54]
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isotherm shape at low regeneration temperatures than at high regeneration tem-
peratures. The detailed discussion on the dependency of the regeneration temper-
atures will be given in the following section.

Figure 2.17 shows the profile of the MRC as a function of the optimum rotation
speed and Ar=Ap for isotherm shapes (R ¼ 0:05; 0:1; 0:4; and 1:0) and the regen-
eration temperature Tar;in ¼ 90 °C. Note that in contrast to the present work, most
of earlier works studied the optimum isotherm shape for a fixed regeneration
temperature and Ar=Ap. As shown in Fig. 2.17, the optimal design parameters, here
rotating speed and Ar=Ap, are different for each isotherm shape. This means if
optimization is conducted on the condition of a fixed rotation speed and Ar=Ap, an
incorrect optimum isotherm shape would be found. We expect this is why the
earlier works found different optimum isotherm shapes.

The above discussions are based on outdoor conditions of Tap;in ¼ 30 °C and
uap;in ¼ 40%, but general dependency on the isotherm shape is the same for other

Fig. 2.17 Profiles of the MRC as a function of the optimum rotation speed and Ar=Ap for the
isotherm shapes (R = 0.05, 0.1, 0.4, 1.0) and the regeneration temperature Tar;in ¼ 90 °C [54]
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outdoor conditions such as Tap;in ¼ 35 °C, uap;in ¼ 40% and Tap;in ¼ 30 °C,
uap;in ¼ 55% and Tap;in ¼ 35 °C, uap;in ¼ 55%.

2.3.2 Area Ratio of Regeneration to the Dehumidification
Section

As the regeneration temperature decreases, the regeneration section becomes a
larger fraction of the wheel. According to the manufacturer’s catalog, the 1:3 split is
generally used for high regeneration temperatures and a 1:1 split for low regener-
ation temperatures. However, it is not easy to decide the optimal area ratio of
regeneration/dehumidification, which is expected to vary according to not only the
regeneration temperature, but also the desiccant isotherm and outdoor conditions.
The dependence on the regeneration temperature and isotherm is already discussed
in Sect. 2.3.1; therefore, we will focus on the dependence of the optimum value of
Ar=Ap on the outdoor conditions for the adsorbent silica gel with the form of the
isotherm in Eq. (2.24).

Variations of the optimum value of Ar=Ap as a function of the regeneration
temperature are shown in Fig. 2.18 for four different outdoor conditions. We have
determined the dependency of Ar=Ap on the outdoor humidity. As the humidity
increases, the optimum value of Ar=Ap also increases. The results of Ahmed et al.
[23] also show this dependency, but they did not provide any discussion of this
issue. The lowest value of Ar=Ap is observed for the outdoor conditions Tp;in ¼ 30 °
C and /p;in ¼ 40%, for which the humidity is 10.6 g/kga. The humidities for the

Fig. 2.18 Variations of the
optimum value of Ar=Ap as a
function of the regeneration
temperature and outdoor
conditions [12]
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outdoor conditions Tp;in ¼ 30 °C, /p;in ¼ 55% and Tp;in ¼ 35 °C, /p;in ¼ 40% are
almost the same and show similar optimum values of Ar=Ap over the entire range of
regeneration temperatures. The outdoor conditions with the highest humidity, i.e.,
Tp;in ¼ 35 °C, up;in ¼ 40% show the largest optimum value of Ar=Ap.

Ahmed et al. [23] ascertained that the optimum values of Ar=Ap are between 0.7
and 0.9 at Tr;in ¼ 60 °C and between 0.25 and 0.4 at Tr;in ¼ 90 °C depending on
the inlet humidity. In Fig. 2.18, the optimum values of Ar=Ap are between 0.78 and
0.90 at Tr;in ¼ 60 °C for the inlet conditions studied, which is similar to the values
reported by Ahmed et al. [23]. However, the optimum values of Ar=Ap are between
0.62 and 0.79 for Tr;in ¼ 90 °C, which shows considerable deviation from the
values reported by Ahmed et al. [23]. The relationship between the optimum values
of Ar=Ap and regeneration temperature is similar for a different isotherm shape as
shown in Fig. 2.16 which covers a full range of isotherm shapes (0.01 < R < 1.0).

Considering that Ar=Ap ¼ 0:33 is usually used for regeneration temperatures
much higher than 90 °C and the regeneration section becomes a larger portion of
the wheel as the regeneration temperature decreases, the results of Ahmed et al. [23]
seem to under-predict the value of Ar=Ap. Note that in our study, the optimum value
of Ar=Ap for Tr;in ¼ 150 °C is 0.42 for the outdoor conditions Tp;in ¼ 30 °C and
/p;in ¼ 40%, which is slightly greater than the value from the manufacturer’s
catalog (0.33).

Figures 2.19, 2.20, 2.21 and 2.22 show the profiles of the MRC as a function of
the optimum wheel speed and Ar=Ap for the regeneration temperatures of 60, 90,
120 and 150 °C and four different outdoor conditions. The optimum behavior, i.e.,
the maximum MRC, wheel speed and optimum Ar=Ap, is discussed in previous
sections, and here the behavior of off-design points is shown. With the sacrifice of a
slight decrease in the MRC, the design point can be determined in the range of the
wheel speed and Ar=Ap. We can also see that the desiccant wheel is highly effective
for dehumidification at high regeneration temperatures [22].

2.3.3 Sensitivity to Outdoor Weather Conditions

For the fixed area ratio Ar=Ap, Figs. 2.23, 2.24, 2.25 and 2.26 represent the effect of
outdoor conditions (20 �C\T\35 �C; 0:005\Y\0:025) on the MRC for the
regeneration temperatures of 60, 90, 120 and 150 °C. The performance decreases as
the outdoor temperature increases or the outdoor humidity decreases. As the
regeneration temperature increases, the effect of the outdoor temperature decreases.
In particular, for low values of the outdoor humidity and high regeneration tem-
peratures, the wheel performance is nearly independent of the outdoor temperature.
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2.3.4 Isotherm

The separate factor R in Eq. (2.25) reflects the desiccant isotherm shape shown in
Fig. 2.11. As R decreases, a larger adsorption capacity is expected even under low
humidity. Dai et al. [6] suggested that R ¼ 0:1 for a low regeneration temperature
(Tar;in ¼ 78:2 °C), but should be R ¼ 0:05 for a high regeneration temperature
(Tar;in ¼ 120 °C). On the other hand, Simonson and Besant [64] ascertained that a
linear sorption curve, i.e., R ¼ 1:0, has the highest effectiveness over a typical range
of operation conditions. In our simulation, a higher MRC is expected as R decreases
for the range of regeneration temperatures shown in Fig. 2.27. The only exception
is R ¼ 0:01. This can be explained by examining the water content difference
evaluated by the process inlet (Tap;in ¼ 30 °C and /ap;in ¼ 40%) and the

Fig. 2.19 Profiles of the MRC as a function of the optimum wheel speed and Ar=Ap for the
outdoor conditions Tp;in ¼ 30 °C and /p;in ¼ 40%; a Tr;in ¼ 60 °C, b Tr;in ¼ 90 °C,
c Tr;in ¼ 120 °C and d Tr;in ¼ 150 °C [12]
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regeneration inlet (Yar;in ¼ Yap;in and varying Tar;in) conditions. This value is closely
related to the MRC.

The large water content difference in the process and regeneration results has a
large potential for moisture transfer, which increases the moisture removal capacity.
Figure 2.28 shows a typical example. Figure 2.28a depicts the water content dif-
ferences evaluated by the process inlet and regeneration inlet conditions of R ¼
0:05 and R ¼ 0:7, respectively, in the case of a low regeneration temperature. The
water content difference is almost same at R ¼ 0:7 and R ¼ 0:05. However, when
the regeneration temperature is high, the relative humidity at the regeneration inlet
decreases compared with low regeneration temperatures, and the water content
difference is increased at R ¼ 0:05 than at R ¼ 0:7 as shown in Fig. 2.28b.
Therefore, the isotherm shape of R ¼ 0:05 has a higher potential than that of

Fig. 2.20 Profiles of the MRC as a function of the optimum wheel speed and Ar=Ap for the
outdoor conditions Tp;in ¼ 30 °C and /p;in ¼ 55%; a Tr;in ¼ 60 °C, b Tr;in ¼ 90 °C,
c Tr;in ¼ 120 °C and d Tr;in ¼ 150 °C [12]
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R ¼ 0:7, which suggests that a higher MRC is expected at R ¼ 0:05 at high
regeneration temperatures. Compared to Fig. 2.27, Fig. 2.29 clearly shows this
correlation between the MRC and water content difference.

It should be noted that unlike the present work, earlier works obtained an
optimum isotherm shape on the condition of a fixed rotating speed and Ar=Ap for
each regeneration temperature. This is why the earlier works found different opti-
mum isotherm shapes. As was found in previous studies, if the same rotation speed
and Ar=Ap are used for all R (for example, the optimal values for R ¼ 1:0), the
adsorption capacity behavior shown in Fig. 2.30 is different from Fig. 2.27. In this
case, the highest moisture removal capacity is found at the isotherm shape R ¼ 0:4.

Fig. 2.21 Profiles of the MRC as a function of the optimum wheel speed and Ar=Ap for the
outdoor conditions Tp;in ¼ 35 °C and /p;in ¼ 40%; a Tr;in ¼ 60 °C, b Tr;in ¼ 90 °C,
c Tr;in ¼ 120 °C and d Tr;in ¼ 150 °C [12]
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Fig. 2.22 Profiles of the MRC as a function of the optimum wheel speed and Ar=Ap for the
outdoor conditions Tp;in ¼ 35 °C and /p;in ¼ 55%; a Tr;in ¼ 60 °C, b Tr;in ¼ 90 °C,
c Tr;in ¼ 120 °C and d Tr;in ¼ 150 °C [12]

Fig. 2.23 Psychrometric
chart representation of the
effect of the outdoor
conditions on the MRC for
Tr;in ¼ 60 °C [12]
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Fig. 2.24 Psychrometric
chart representation of the
effect of the outdoor
conditions on the MRC for
Tr;in ¼ 90 °C [12]

Fig. 2.25 Psychrometric
chart representation of the
effect of the outdoor
conditions on the MRC for
Tr;in ¼ 120 °C [12]

Fig. 2.26 Psychrometric
chart representation of the
effect of the outdoor
conditions on the MRC for
Tr;in ¼ 150 °C [12]
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Process inlet
Regeneration inlet

(a) (b)

Fig. 2.28 Typical example of water content differences evaluated by the process inlet and
regeneration inlet conditions for the isotherm shapes of R = 0.05 and R = 0.7 at a a low
regeneration temperature and b high regeneration temperature [54]

Fig. 2.27 Variations of the MRC for various isotherm shapes and a range of regeneration
temperatures from 50 to 150 °C. The MRC is evaluated at the optimal rotation speed and Ar=Ap of
each isotherm shape at each regeneration temperature [54]
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We can also find the sensitivity of the isotherm shape to the design parameters by
comparing Figs. 2.15 and 2.16. The variation of optimal rotation speed is much
higher than Ar=Ap.

Fig. 2.29 Variations of the
water content difference
evaluated by the process inlet
and regeneration inlet
conditions for various
isotherm shapes and a range
of regeneration temperature
from 50 to 150 °C [54]

Fig. 2.30 Variations of the
MRC for various isotherm
shapes and a range of
regeneration temperature from
50 to 150 °C. The MRC is
evaluated at the optimal
rotation speed and Ar=Ap of
R = 1.0 at each regeneration
temperature [54]
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2.3.5 Optimization

The system design of the desiccant cooling system poses a number of questions
associated with a single parameter and/or their combinations. These include system
components such as the sensible heat exchanger, regenerative evaporative cooler
and desiccant wheel, as well as the operating conditions such as the outdoor con-
ditions, regenerative temperature and rate of outdoor influx. The parameters related
to the desiccant wheel, such as the wheel speed and the properties of the desiccant
material, should be considered.

One of the methods for system optimization is the thermo-economic approach.
This exergetic method was applied for the desiccant-evaporative air-conditioning
system [65, 66], hybrid system [67, 68] and solar-desiccant air-conditioning system
[69]. Enteria et al. [70] compared the different components of exergetic efficiency at
the reference conditions of outdoor air.

It is a time-intensive task to examine the contribution of each component of the
desiccant system and the contributions of the operating conditions because several
parameters are involved in the performance of a desiccant cooling system.
Therefore, it is impractical to evaluate each individual case using an exhaustive
approach. In the present study, a numerical simulation has been conducted for 11
design parameters with 3 levels. The considered design parameters and its varia-
tions (�30% for the properties of the desiccant material and �10% for the others)
are summarized in Table 2.5. It should be noted that the regeneration temperature is
set at T10 ¼ 75, T10 ¼ 60 °C which is low enough to be acquired from low-density
energy resources such as local heating, solar energy and waste heat. The base
conditions for the desiccant material are from silica gel. The parameters related to
the desiccant material are the mass fraction, heat capacity, density and maximum
water uptake. Wheel performance dependency on these parameters is discussed by
Chung et al. [40]. Wheel speed is set at 150 s/rev which is near the optimum wheel
speed obtained in earlier work [12].

Table 2.5 Base conditions
and 3 levels of design
parameters employed in the
simulations [13]

Factor Level

1 (%) 2 (base condition) 3 (%)

BP −10 0.3 +10

Tair [°C] −10 35 +10

uair [%] −10 40 +10

eSHE [–] −10 0.8 +10

eREC [–] −10 0.8 +10

Tr [°C] −30 75 +30

tp [s] −30 75 +30

fd [–] −30 0.75 +30

cp;d [J kg−1K−1] −30 921 +30

qd [kg m−3] −30 720 +30

Wmax [–] −30 0.4 +30
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Different system configurations have been proposed to achieve high system
performance [2]. We confined our interest to only 2 cases in Fig. 2.31. The sensible
heat exchanger acts as a pre-cooler after the desiccant and also as a preheater before

Fig. 2.31 Schematics of the desiccant cooling system in a configuration A and b configuration B
[13]
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the regeneration section, which results in enhanced performance of the whole
system. Conversely in system configuration B in Fig. 2.31b, the sensible heat
exchanger fulfills the role of the preheater before the heating coil, which reduces the
required energy for regeneration and results in enhanced performance. The per-
formances of each system are compared. The desired indoor conditions is fixed at
T1 ¼ 27 °C and /1 ¼ 50%. The 1:1 split between the regeneration and dehumid-
ification sections of the desiccant wheel is assumed because the present work is
focused on low regeneration temperatures.

The cooling performance of the REC can be represented by the cooling effec-
tiveness, which is defined as:

eREC ¼ Th;in � Th;out
Th;in � Dh;in

ð2:31Þ

where Dh;in is the inlet dew point temperature of the process air. It is the lowest
outlet temperature that can be achieved in the REC. The base condition for eREC is
0.8.

The performance of the sensible heat exchanger can be evaluated by the fol-
lowing equations:

eSHE ¼ T9 � T8
T3 � T8

for system configuration A ð2:32Þ

eSHE ¼ T9 � T8
T11 � T8

for system configuration B ð2:33Þ

The base condition for eSHE is 0.8.
The system performance is the object function for the analysis of variance

(ANOVA) and can be evaluated using the amount of cooling capacity per unit air
flow rate and/or the COP, which is defined as the ratio of the cooling capacity to the
required energy for regeneration.

Q ¼ h1 � h6ð Þ 1� BPð Þ ð2:34Þ

COP ¼ Q
Qr

ð2:35Þ

where the required energy for regeneration is obtained by Qr ¼ _mp h10 � h9ð Þ tr=tp.
The orthogonal array L27 (313) was adopted for the ANOVA [71] to find the

optimal condition for each parameter and give the individual impact ratio of the
system performance. The sum of the square is defined as ST ¼ P

x2ij � ðT2=NÞ,
where x is the value of the numerical experiment, Tð¼ P

xijÞ is the summation of
the numerical experiments, and N is the number of numerical experiments. We
denote the degree of freedom by /, with the appropriate subscript i (=BP, Tair, /air,
eSHE, eREC, Tr, tp, fd, cp;d, qd,Wmax), which is defined as the level of factor i minus 1.
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The mean square V is obtained by ST=u. For a given level of significance, if
F0(¼ Vi=Ve) is greater than the corresponding F-distribution, (i.e., F ui;ue; að Þ), we
say that factor i is significant, where a represents the significance level.

If we chose the COP as the indicator of system performance, the results of the
ANOVA are summarized in Tables 2.6 and 2.7 for the configurations A and B of
the desiccant systems shown in Fig. 2.31. The F0 values of uair and eREC are 3.35
and 2.59, respectively, which is not small enough to be ignored in the case of a
significance level of 5%. Therefore, we may consider that the factors uair and eREC
are also slightly significant. Regardless of the system configuration, the contribution
of BP, eSHE and tp and the parameters related to the desiccant material such as fd,
cp;d, qd and Wmax are negligible, which may be surprising because it is believed that
the desiccant material is one of the dominant factors related to the system perfor-
mance. Recently, Faust et al. [72] developed a high-powered, SAP-based desiccant
that can absorb 4–5 times more water than silica gel or zeolite, which showed clear
system performance enhancement. We can conclude that more than �30% varia-
tions of the desiccant material properties are required for the development a new
desiccant material to enhance the system performance.

After pooling the contribution of the negligible parameters, the contribution ratio
of each factor is re-evaluated. The procedure is summarized in the ANOVA in
Tables 2.6 and 2.7, which shows that the factors Tair, /air, eREC and Tr are sig-
nificant at the 5% level. Note that the values in parentheses are after pooling. The
details of the procedure on the ANOVA can be found in Park [71]. The results
provide a quantitative estimation of the various design parameters that affect the
performance and help to determine the main factors for optimum design of a
desiccant cooling system. The regeneration temperature is the most dominant
parameter (31.9% for configuration A and 23.9% for system configuration B), and
the outdoor conditions play a significant role in the performance of a desiccant
cooling system (25.5 and 9% for Tair and uair, respectively, for system configuration
A and 20.6 and 8.7% for Tair and uair, respectively, for system configuration B).
These results are in line with the results of using the cooling capacity Q as the
indicator of system performance. For reference, the results for system configuration
A are given in Table 2.8.

If we assume that the errors are normally distributed, the 100(1−a)% confidence
interval on the t-distribution is:

�y� t ue;
a
2

� � ffiffiffiffiffi
Ve

ne

r
ð2:36Þ

where ue and Ve are the degree of freedom and mean square for error, respectively,
and ne denotes the effective number of replications that can be obtained from the
relationship as is calculated as follows:
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ne ¼ nP
ui þ 1

ð2:37Þ

The optimum levels of the significant factors in system configuration A that
maximize the COP are Tair;1, /air;1, eREC;3 and Tr;1. Note that the estimated COP at
the optimum conditions is 0.9896 within the confidence internal 1.0374 ± 0.1375.
The optimum levels of the significant factors in system configuration B are same as
system configuration A, and the estimated COP at the optimum conditions is
1.28577, which is also within the confidence internal 1.2042 ± 0.1467.

To focus on the application of a district cooling system to utilize the
over-supplied heat in summer season or a solar system using medium-temperature
collectors, the regeneration temperature is fixed at a typical value of 75 °C.
Additionally, the outdoor conditions are also fixed at T7 ¼ 35 °C and u7 ¼ 40%,
which are the typical summer conditions in Korea. For system configuration A,
only the contributions of eREC,tp,fd and qd are meaningful. The most dominant
parameter is eREC, whose contribution ratio to the system performance is 32.5%.
General trends of the wheel parameters fd and qd are similar to earlier research by
Chung et al. [40]; however, the analysis in Chung et al. [40] is confined to only
wheel performance, i.e., the wheel performance is increased as fd and qd increase.

Contrary to system configuration A, the sensible heat exchanger plays a sig-
nificant role in system configuration B, whose contribution ratio is estimated to be
as high as 16.9%. The impact of the cooling performance of REC is also the most
crucial factor in this configuration. This suggests that further research attention on
regenerative evaporative cooler should be given to enhance the system perfor-
mance. In this system configuration, the general trends of the wheel parameters fd,
cp;d and qd are also similar to earlier research by Chung et al. [40].

2.4 Conclusions

Despite the advantage of being an eco-friendly refrigeration system driven by
low-grade waste heat and separate control of sensible and latent cooling, wide-
spread use of desiccant cooling systems is impaired by their relatively large size and
low system performance. Numerous studies have focused on various aspects of the
desiccant system, particularly the desiccant wheel, which is the most crucial
component to enhance the system performance.

Mathematical modeling is a convenient approach to performing parametric
research and optimization analysis of desiccant wheels with less time and cost than
experimental methods. In addition, mathematical modeling can also provide the
fundamental physics and intuition to develop new hybrid systems. However,
mathematical modeling of desiccant wheels is a difficult task because the heat and
mass transfer are coupled and too complicated to completely understand. Several
mathematical models have been constructed and employed to analyze, develop and
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design desiccant wheels. In this work, a brief review of mathematical modeling for
the desiccant wheel is examined, and some typical issues, such as (i) channel
geometry, (ii) adsorbent, (iii) isotherm, (iv) wheel speed, (v) regeneration temper-
ature, (vi) area ratio of the regeneration to dehumidification section, (vii) sensitivity
to outdoor weather conditions and (viii) optimizing the components of the desiccant
system, are examined. The results of the case studies are also discussed.

Although significant advances have been made, in addition to the research issues
mentioned above, the issues of newly developed hybrid system and new adsorbents
still remain in the reliable and practical application of desiccant systems.
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Chapter 3
Simplified Models for the Evaluation
of Desiccant Wheels Performance

Stefano De Antonellis and Cesare Maria Joppolo

Abstract At present interest in building HVAC (Heating, Ventilating and Air
Conditioning) systems based on a desiccant wheel is increasing, due to the possi-
bility of realizing high-energy-efficiency systems and of integrating renewable
energy sources. The design of air handling units based on this technology is quite
complex because of the difficulties in predicting the performance of the desiccant
wheel, which is the crucial component of the system. In fact, desiccant wheel
performance strongly depends on inlet airflow conditions and on the revolution
speed. As a consequence, in HVAC systems, practitioners and engineers mainly
prefer to adopt conventional cooling and heating coils, which are well-known
components. In this context, the purpose of this chapter is to review and analyse the
main simplified models available in literature to calculate desiccant wheels per-
formance. Such correlations can be easily used in worksheets or in energy simu-
lation programs, being a useful tool to compare desiccant wheel-based HVAC
systems with conventional configurations.

Keywords Desiccant wheel � Correlation � Model � Practitioner � Engineer

Nomenclature

A Desiccant wheel face area (m2)
cp Specific isobaric heat (kJ kg−1 K−1)
DW Desiccant wheel diameter (m)
F1–2 Combined potential
h Specific enthalpy (kJ kg−1)
LW Desiccant wheel thickness (m)
MRC Moisture removal capacity (kgv h

−1)
N Revolution speed (rev h−1)
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p Pressure (Pa)
T Temperature (°C)
v Face velocity (m s−1)
_V Volumetric flow (m3 h−1)
Wads Adsorption capacity (kg kg−1)
X Humidity ratio (kg kg−1)

Greek symbols

Δp Pressure drop (Pa)
ρ Density (kg m−3)
λ Latent heat of vaporization (kJ kg−1)
μ Dynamic viscosity (kg m−1 s−1)
ϕ Pv/pv,sat (–)
η Effectiveness parameter (–)
Ω Specific mass airflow rate (kg s−1 m−3)

Subscript

a Air
in Inlet
out Outlet
pro Process
reg Regeneration
sat At saturation
v Water vapour
w Adsorbed water
tot Total

Acronyms

HVAC Heating, Ventilating and Air Conditioning
ID Intermediate Density
RD Regular density

3.1 Introduction

At present interest in building HVAC systems based on a desiccant wheel is
increasing, due to the possibility of realizing high-energy-efficiency cooling sys-
tems and of integrating renewable energy sources, as clearly discussed in many
review papers [1–3]. Such technology can be effectively used in air-conditioning
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applications for air dehumidification [4–7] and humidification [8–10] purposes or in
the industrial field for product drying [11–15].

The design of air handling units based on this technology is quite complex
because of the difficulties in predicting the performance of the desiccant wheel,
which is the crucial component of the system [16]. In fact, desiccant wheel per-
formance strongly depends on inlet airflow conditions and on the revolution speed.
Many research works deal with the development of detailed desiccant wheels
models based on a phenomenological approach [17]. Such models are accurate and
particularly suitable for component design and development, but they are not
suggested for the simulation of energy systems, due to their high computational
load and complexity. Therefore, practical correlations have been developed by
several authors [18–25], in order to evaluate desiccant wheel performance through
simplified approaches. Anyway, these methods have not been resumed in practical
handbooks and their use is mainly delimited to academic personnel working on
energy systems simulation.

As a consequence, in HVAC systems practitioners and engineers mainly prefer to
adopt conventional cooling and heating coils, which are well-known components.
The use of desiccant wheels is considered only in limited cases, requesting direct
support to the manufacturer’s ore using available commercial tools [17, 26–28].

Based on the aforementioned considerations, in this chapter main simplified
models available in literature to calculate desiccant wheels performance are
reported and described. A preliminary analysis of desiccant wheels performance
and about the influence of working conditions is performed, in order to make
practitioners more familiar with such components.

The investigated correlations can be easily used in worksheets or in energy
simulation programs, being a useful tool to compare desiccant wheel-based HVAC
systems with conventional air handling units.

3.2 Desiccant Wheel Description

A desiccant wheel is a cylindrical rotating device, which is manufactured rolling up
sheets of a supporting material impregnated with an adsorbent substance, in order to
get many parallel channels with almost a sinusoidal or triangular cross section.
Most diffused support materials are paper, aluminium, synthetic fibres or plastic
while common adsorbents are silica gel, zeolite and activated alumina.

As shown in Fig. 3.1, the desiccant wheel face area is divided into two parts: two
air streams, namely the process and the regeneration flow, pass through the
cross-sectional area of the device in counter current arrangement. The ratio between
the process and the regeneration airflow face area (Apro/Areg) can be lower, equal or
higher than one. The arrangement mainly depends on the regeneration air tem-
perature: the higher the regeneration temperature, the higher Apro/Areg.

Each channel of the device is alternatively crossed by the process and the
regeneration airflow: depending on wheel technical specifications and boundary
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conditions, the wheel is continuously rotated by an electric motor at a revolution
speed N generally between 5 and 90 rev h−1.

The process air stream, which is supplied to the building, is dehumidified and
heated while the regeneration one, which is used to remove vapour from the des-
iccant material, is cooled and humidified (Fig. 3.2). The regeneration airflow is
generally heated before it crosses the wheel, in order to reduce its relative humidity
and to be able to remove water from the sorption material of the device.

Typical desiccant wheel diameter DW varies between 30 cm and 2 m, while its
thickness LW ranges between 5 and 40 cm. The regeneration air temperature is
around 50 °C in case of low temperature configurations, and it increases up to 150–
200 °C in conventional direct fired applications.

3.3 Desiccant Wheel Performance

Performance of a specific desiccant wheel strongly depends on operating conditions. In
particular, the moisture removal capacity MRC ¼ _Vpro;inqpro;in Xpro;in � Xpro;out

� �� �
of

the device is directly related to the properties of the sorption material. As shown in

Fig. 3.1 Desiccant wheel scheme

Fig. 3.2 Process and
regeneration air
transformation in the
psychrometric chart
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Fig. 3.3, at equilibrium conditions and constant temperature, the higher the air relative
humidity (or vapour partial pressure), the higher the capability of the sorptionmaterial
to adsorb water and vice versa. Each desiccant wheel channel is alternatively in
contact with the two air streams. During the process air period, the sorption material
increases its water content: the maximum amount of vapour it can adsorb at equi-
librium conditions is directly related to the relative humidity and temperature of the
inlet process air stream. For instance, according to Fig. 3.3, in case of silica gel RD,
Wads,max is equal to 0.35 kgw kgads

−1 when Tpro,in = 30 °C (temperature of the
adsorption isotherm) and ϕpro,in = 70%. Similarly, during the regeneration air period,
the lower the air relative humidity, the more effective is the material regeneration and,
as a consequence, the dehumidification capacity of the wheel. It is highlighted that the
aim of such preliminary and simplified considerations is to provide basic concepts to
practitioners, in order to understand desiccant wheel performance and to effectively
use the simplified models discussed in this chapter. A detailed analysis of phenomena
occurring in a desiccant wheel is not the scope of this work.

As already reported, desiccant wheel dehumidification capacity is significantly
influenced by working conditions. In Figs. 3.4, 3.5, 3.6, 3.7, 3.8 and 3.9, it is
analysed how each boundary condition affects the outlet process air humidity ratio
and temperature. The investigation is performed through a numerical model based
on heat and mass transfer equations, previously developed [16] and calibrated [8].
The model reproduces performance of a commercial desiccant wheel made of
synthesized metal silicate on inorganic fibre substrate, with DW = 0.6 m,
LW = 0.2 m and face area split in two equal sections.

The parametric analysis is carried out considering a reference case, characterized
by the following conditions:

Equal regeneration and process desiccant wheel area (Apro/Areg = 1). Inlet pro-
cess airflow conditions equal to Tpro,in = 32 °C and Xpro,in = 15 g kg−1.

Fig. 3.3 Adsorption
isotherm of different sorption
materials at 30 °C [29]
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Fig. 3.4 Effect of regeneration air inlet temperature and revolution speed on process air outlet
conditions (Tpro,in = 32 °C, Xpro,in = Xreg,in = 15 g kg−1, vpro,in = vreg,in = 2 m s−1)

Fig. 3.5 Effect of regeneration air inlet humidity ratio and revolution speed on process air outlet
conditions (Tpro,in = 32 °C, Treg,in = 80 °C, Xpro,in = 15 g kg−1, vpro,in = vreg,in = 2 m s−1)

Fig. 3.6 Effect of regeneration air inlet velocity and revolution speed on process air outlet
conditions (Tpro,in = 32 °C, Treg,in = 80 °C, Xpro,in = Xreg,in = 15 g kg−1, vpro,in = 2 m s−1)
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Fig. 3.7 Effect of process air inlet temperature and revolution speed on process air outlet
conditions (Treg,in = 80 °C, Xpro,in = Xreg,in = 15 g kg−1, vpro,in = vreg,in = 2 m s−1)

Fig. 3.8 Effect of process air inlet humidity ratio and revolution speed on process air outlet
conditions (Tpro,in = 32 °C, Treg,in = 80 °C, Xreg,in = 15 g kg−1, vpro,in = vreg,in = 2 m s−1)

Fig. 3.9 Effect of process air inlet velocity and revolution speed on process air outlet conditions
(Tpro,in = 32 °C, Treg,in = 80 °C, Xpro,in = Xreg,in = 15 g kg−1, vreg,in = 2 m s−1)
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– Inlet regeneration airflow conditions equal to Treg,in = 80 °C and
Xreg,in = 15 g kg−1.

– Process and regeneration air face velocity equal to vpro,in = vreg,in = 2 m s−1.

Each one of these parameters is independently varied and outlet process air
conditions are analysed at different revolution speeds.

Figure 3.4 shows the effect of the variation of the regeneration air temperature
on outlet process air humidity ratio and temperature. The higher the regeneration
temperature, the higher the dehumidification capacity and, therefore, the lower
Xpro,out. In fact, the regeneration process is more effective (lower inlet air relative
humidity) and the sorption material can adsorb more vapour during the process
period. In addition, an increase in Treg,in leads to an increase to Tpro,out due to higher
sensible heat transferred by the wheel matrix and the higher amount of heat of
adsorption released in the dehumidification process. Finally, it is highlighted that
the higher the Treg,in, the higher the optimal revolution speed: in fact, in this case the
matrix regeneration is completed faster and each channel should pass to the process
period in a shorter time.

Similar effects are shown when Xreg,in is varied: in Fig. 3.5, it is put in evidence
that the lower the humidity ratio (and therefore the inlet relative humidity at con-
stant temperature), the higher the dehumidification capacity. In this case, an
increase in Xreg,in leads to an increase in Tpro,out mainly due to the higher amount of
heat of adsorption released in the dehumidification process, which is more effective.

In Fig. 3.6, the effect of the variation of the regeneration air face velocity is
shown. Due to the aforementioned considerations, an increase in vreg,in leads to an
increase in the dehumidification capacity, in the outlet process air temperature and
in the optimal revolution speed. Anyway, a significant increase in the air velocity
(in the investigated case if vreg,in > 2.5 m s−1) does not improve the moisture
removal from the sorption material and, therefore, the dehumidification capacity of
the desiccant wheel.

As shown in Fig. 3.7, if the inlet process air temperature decreases (higher inlet
air relative humidity at constant humidity ratio), according to the preliminary
analysis and to Fig. 3.2, the dehumidification capacity increases. Consequently, a
pre-cooling of the process airflow can be an effective way to increase the dehu-
midification capacity of the desiccant wheel. Finally, quite obviously it can be
stated that an increase in Tpro,in leads to an increase in Tpro,out.

Similarly, in Fig. 3.8 it is shown that if the inlet process air humidity ratio
decreases, also the outlet process air humidity ratio decreases. Anyway, a reduction
in the inlet process air humidity ratio leads to a lower inlet air relative humidity (at
constant temperature) and, therefore, to a decrease in the moisture removal capacity.
Both Figs. 3.7 and 3.8 show that the variation of Xpro,in and Tpro,in slightly affects
the optimal revolution speed.

Finally, if the process air velocity is reduced (Fig. 3.9), also the outlet air
humidity ratio decreases. It is highlighted that in this case the desiccant wheel
revolution speed should be modified and reduced, because the lower process airflow
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takes more time to cool the desiccant matrix and, therefore, to start the dehumid-
ification process. Also in this case, as already discussed, the lower Xpro,out, the
higher Tpro,out.

3.4 Simplified Models of Desiccant Wheels

3.4.1 Input Parameters

As discussed in Sect. 3.3, performance of a specific desiccant wheel depends on
inlet process and regeneration air states and on revolution speed. Therefore,
assuming that the total pressure is at atmospheric condition (ptot = 101,325 Pa), the
following data should be collected to evaluate the performance through the sim-
plified models discussed in this work:

– Inlet process air conditions (for example vpro,in, Tpro,in and ϕpro,in).
– Inlet regeneration air conditions (for example vreg,in, Treg,in and ϕreg,in).
– Revolution speed (N).

Note that in several models some input data are fixed and therefore they are not
required. If inlet states should be provided in terms of specific enthalpy and
humidity ratio, the following equations can be adopted:

Xa ¼ 0:622
/a

ptot
pv;sat

� /a
ð3:1Þ

where the water vapour saturation pressure can be calculated in this way:

pv;sat ¼ e23:196�
3816:44

Ta þ 273:15�46:13 ð3:2Þ

and:

ha ¼ cpa þXacpvð ÞTa þ kXa ð3:3Þ

where λ = 2501 kJ kg−1 is the latent heat of vaporization of water.
The face air velocity of the two streams is:

vpro;in ¼
_Vpro;in

3600Apro
ð3:4Þ

vreg;in ¼
_Vreg;in

3600Areg
ð3:5Þ
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where _Vpro;in and _Vreg;in are, respectively, the inlet process and regeneration volu-
metric airflows.

3.4.2 Models Classification

The simplified models to predict desiccant wheel performance can be classified
through different approaches, such as the working conditions, the input or output
quantities, the technical specifications of the device, etc. In this work, correlations
are simply classified referring to the provided output quantities: in particular the
following classes of models have been identified:

– Models providing directly Xpro,out and Tpro,out.
– Models providing hpro,out and ϕpro,out.
– Models providing the combined potentials of the outlet process air stream,

namely F1,pro,out and F2,pro,out.

In the first case, the output quantities Xpro,out and Tpro,out are commonly used by
engineers and, therefore, they can be directly used in further calculations or anal-
ysis. In the second case, outlet conditions of the process air are based on hpro,out and
ϕpro,out, which are also well-known parameters for practitioners. Xpro,out and Tpro,out
can be easily determined through a psychrometric chart, tables or by rearranging
Eqs. 3.1–3.3.

Instead, in the third case the outlet air condition is provided through two com-
bined potentials F1,a and F2,a, introduced by Jurinak [30], that are defined in the
following way:

F1;a ¼ �2865

Ta þ 273:15ð Þ1:49 þ 4:344X0:8624
a ð3:6Þ

F2;a ¼ Ta þ 273:15ð Þ1:49
6360

� 1:127X0:07969
a ð3:7Þ

In order to have useful information about the process air outlet condition,
Eqs. 3.6 and 3.7 should be numerically solved in order to get the corresponding
values of temperature and humidity ratio. Therefore, the use of the simplified
models providing two combined potentials is less practical and simple compared to
the other two analysed approaches.

All the models discussed in this work are summarized in Table 3.1. For each
correlation, main information is reported, namely literature reference, working
range and desiccant wheel specifications. Instead, the detailed description of each
model is reported in the next section of the chapter (Sect. 3.4.3).
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3.4.3 Models Description

3.4.3.1 Model 1—Beccali et al. [19]

Model 1 has been introduced by Beccali et al. [19] and is based on silica gel
desiccant wheel data directly provided by the manufacturer. Rearranging the
original equations proposed by the authors, outlet air conditions can be calculated in
the following way:

Xpro;out ¼ C1X
2
pro;in þC2Xpro;in þC3

� �
Tpro;in þ C4X

2
pro;in þC5Xpro;in þC6

� �
ð3:8Þ

Tpro;out ¼ K1X
2
pro;in þK2Xpro;in þK3

� �
Tpro;in þ K4X

2
pro;in þK5Xpro;in þK6

� �
ð3:9Þ

where the terms C1–6 and K1–6 are:

Ci ¼ aiX2
reg;in þ biXreg;in þ ci

� �
X2
pro;in þ diX2

reg;in þ eiXreg;in þ fi
� �

Xpro;in þ giX2
reg;in þ hiXreg;in þ ii

� �
ð3:10Þ

Ki ¼ liX2
reg;in þmiXreg;in þ ni

� �
X2
pro;in þ oiX2

reg;in þ piXreg;in þ qi
� �

Xpro;in þ riX2
reg;in þ siXreg;in þ ti

� �
ð3:11Þ

The 108 coefficients ai–ti are reported in Table 3.2.

3.4.3.2 Model 2—Comino et al. [25]

Comino et al. [25] proposed a first-order model to determine performance of a silica
gel desiccant wheel by regression of data obtained from experimental tests. Outlet
conditions of process air are calculated in the following way:

Xpro;out ¼ a0 þ
P10

i¼1 aiYið Þ
1000

ð3:12Þ

Tpro;out ¼ b0 þ
P10

i¼1 biYið Þ
1000

ð3:13Þ

where the terms ai, bi and Yi are reported in Table 3.3.
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3.4.3.3 Model 3—Comino et al. [25]

Model 3 is an improvement of model 2 already proposed by Comino et al. [25]. In
this case, the process and regeneration airflows (balanced air streams) can be varied.
The model is based on experimental data (silica gel desiccant wheel) and process air
outlet conditions can be calculated as:

Xpro;out ¼ a0 þ
P15

i¼1 aiYið Þ
1000

ð3:14Þ

Tpro;out ¼ b0 þ
P15

i¼1 biYið Þ
1000

ð3:15Þ

where the terms ai, bi and Yi are reported in Table 3.4. The specific mass airflow
rate Ω, which is equal for the process and regeneration air stream (balanced flows),
should be within 14.79 and 30.92 kg s−1 m−3. It is calculated in this way:

X ¼ Xpro ¼ Xreg ¼
vpro;inqpro;in

LW
¼ vreg;inqreg;in

LW
ð3:16Þ

where LW = 0.2 m is the desiccant wheel thickness and ρ is the air density.

3.4.3.4 Model 4—Panaras et al. [21]

Panaras et al. [21] provided correlations based on the combined potentials (Eqs. 3.6
and 3.7) approach initially proposed by Jurinak [30]. In this work, experimental
data of a silica gel desiccant wheel are adopted. The outlet process air potentials are
calculated from inlet process and regeneration air potentials through Eqs. 3.17 and
3.18:

Table 3.3 Model 2—
parameters to be used in
Eqs. 3.12 and 3.13 [25]

i ai bi Yi
0 6081.84 −16,707.70 –

1 328.15 144.14 Tpro,in
2 −400.65 1786.87 Xpro,in

3 438.02 82.74 Treg,in
4 −49.42 505.68 Xreg,in

5 8.64 −19.08 Tpro,in Xpro,in

6 3.49 3.80 Tpro,in Treg,in
7 −1.91 2.16 Tpro,in Xreg,in

8 4.62 −6.52 Xpro,in Treg,in
9 9.73 −13.22 Xpro,in Xreg,in

10 −6.78 −4.24 Treg,in Xreg,in

76 S. De Antonellis and C.M. Joppolo



F1;pro;out ¼ gF1 F1;reg;in � F1;pro;in
� �þF1;pro;in ð3:17Þ

F2;pro;out ¼ gF2 F2;reg;in � F2;pro;in
� �þF2;pro;in ð3:18Þ

Depending on the face velocity of the balanced air streams, three pairs ηF1 and
ηF2 are proposed [21]:

– if vpro,in = vreg,in = 1.1 m s−1: ηF1 = 0.18 e ηF2 = 0.72.
– if vpro,in = vreg,in = 1.8 m s−1: ηF1 = 0.13 e ηF2 = 0.66.
– if vpro,in = vreg,in = 2.2 m s−1: ηF1 = 0.11 e ηF2 = 0.67.

Once F1,pro,out and F2,pro,out are determined, the values of Xpro,out and Tpro,out
should be calculated through Eqs. 3.6 and 3.7.

3.4.3.5 Model 5—Angrisani et al. [24]

In model 5, Angrisani et al. [24] proposed correlations, based on experimental data,
to determine performance of a silica gel desiccant wheel at constant and balanced
airflows (800 m3 h−1). The approach is based on the combined potentials proposed
by Jurinak [30], as already described for model 4. In this case, the effectiveness pair
is ηF1 = 0.207 and ηF2 = 0.717.

Process air outlet conditions are calculated first through Eqs. 3.17, 3.18 and,
then, through Eqs. 3.6 and 3.7.

Table 3.4 Model 3—
parameters to be used in
Eqs. 3.14 and 3.15 [25]

i ai bi Yi
0 9012.70 −4828.58 –

1 −25.41 −16.01 Tpro,in
2 23.17 1783.16 Xpro,in

3 543.06 −189.88 Treg,in
4 −291.07 485.12 Xreg,in

5 −26.53 −337.70 Ω

6 6.38 −7.31 Tpro,in Xpro,in

7 7.34 7.44 Tpro,in Treg,in
8 −2.36 8.74 Tpro,in Xreg,in

9 8.41 −8.42 Tpro,in�Ω
10 −0.21 −20.09 Xpro,in Treg,in
11 4.78 −11.79 Xpro,in Xi

12 3.04 6.25 Xpro,in Ω

13 −0.51 −4.71 Treg,in Xreg,in

14 −7.56 14.04 Treg,in Ω

15 3.31 −5.11 Xreg,in�Ω
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3.4.3.6 Model 6—Beccali et al. [19]

In model 6, Beccali et al. [19] provided correlations to directly calculate outlet
process air relative humidity and enthalpy. Correlations are based on data of a silica
gel desiccant wheel directly provided by the manufacturer. Outlet conditions are
calculated through Eqs. 3.19 and 3.20 [19]:

/pro;out ¼ 0:9428/reg;in þ 0:0572/pro;in ð3:19Þ

hpro;out ¼ 0:1312 hreg;in þ 0:8688 hpro;in ð3:20Þ

Once ϕpro,out and hpro,out are calculated, Xpro,out and Tpro,out can be evaluated
through a psychrometric chart or rearranging Eqs. 3.1–3.3.

3.4.3.7 Model 7—Beccali et al. [19]

In model 7, process outlet conditions are calculated through the same approach of
model 6. In this case, Beccali et al. [19] proposed correlations to predict perfor-
mance of a LiCl desiccant wheel, with data provided by the manufacturer. Outlet
relative humidity is calculated with Eq. 3.19, while outlet enthalpy through
Eq. 3.21 [19]:

hpro;out ¼ 0:1861 hreg;in þ 0:8139 hpro;in ð3:21Þ

3.4.3.8 Model 8—Beccali et al. [19]

In model 8, Beccali et al. [19] provided correlations to evaluate performance of a
silica gel desiccant wheel through the same approach of models 6 and 7. The
desiccant wheel has similar performance compared to the one of model 6: infor-
mation about differences between the two devices is not reported [19]. Also in this
case relative humidity is calculated with Eq. 3.19, while outlet enthalpy is obtained
thorough Eq. 3.22 [19]:

hpro;out ¼ 0:1148 hreg;in þ 0:8852 hpro;in � 0:9474 ð3:22Þ

3.4.3.9 Model 9—Ruivo et al. [22]

In model 9 proposed by Ruivo et al. [22], a pair of effectiveness parameters based
on the quantities ϕ and h is used to calculate desiccant wheel performance. The
analysed device is made of metal silicate synthesized on inorganic fibre substrate,
and adopted performance data have been extrapolated from manufacturer software.
Outlet process air conditions ϕ and h are calculated through Eqs. 3.23 and 3.24:
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/pro;out ¼ /pro;in � g/ /pro;in � /reg;in

� � ð3:23Þ

hpro;out ¼ hpro;in � gh hpro;in � hreg;in
� � ð3:24Þ

where ηh = 0.147 and ηϕ = 0.965.

3.4.3.10 Model 10—Ruivo et al. [22]

In model 10, Ruivo et al. [22] proposed correlations to evaluate performance of a
commercial silica gel desiccant wheel, as already described in model 9. Data are
provided directly by the manufacturer, and performance is calculated through
Eqs. 3.23 and 3.24. In this case ηh = 0.143 and ηϕ = 0.921.

3.4.3.11 Model 11—Ruivo et al. [31]

In model 11, the same approach reported for models 9 and 10 is adopted by the
authors (Ruivo et al. [31]). In this case, correlations are used to evaluate perfor-
mance of a silica gel desiccant wheel and experimental data available in literature
are used [32]. Outlet air conditions are calculated through Eqs. 3.23 and 3.24 and
the following effectiveness pair: ηh = 0.078 and ηϕ = 0.985.

3.4.3.12 Model 12—Ruivo et al. [31]

Model 12 is a development of models 9–11: in this case the effect of the variation of
the desiccant wheel revolution speed is properly taken into account. Correlations
provide outlet process air conditions of a silica gel device, whose experimental data
are available in literature [32]. Performance is calculated through Eqs. 3.23 and
3.24, where the effectiveness pair values are not constant but are determined in this
way [31]:

gh ¼ �0:058096b2 � 0:393058bþ 0:542448 ð3:25Þ

g/ ¼ a �0:365059b2 � 0:052904bþ 0:937592
� � ð3:26Þ

where β = log(60/N) and α = [(ϕpro,in − ϕreg,in)/(ϕpro,in − 0.0536)]1/2.

3.4.3.13 Model 13—De Antonellis et al. [18]

De Antonellis et al. [18] developed a detailed correlation to predict performance,
based on the effectiveness pair ηh and ηϕ, of a metal silicate desiccant wheel. In this
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work, the device has been tested in a wide range of operating conditions and results
have been used to develop correlations which take in account the variation of all the
inlet air conditions and the revolution speed.

Outlet process air conditions are calculated through Eqs. 3.23 and 3.24. The
effectiveness pair values, which are not constant, are determined in this way [18]:

g/ ¼ avregavproaTaXaN
avreg ¼ c1v2reg;in þ c2vreg;in þ c3
avpro ¼ c4v2pro;in þ c5vpro;in þ c6
aT ¼ c7 lnðTreg;in � Tpro;inÞþ c8
aX ¼ c9Xpro;in þ c10Xreg;in þ 1
aN ¼ c11N þ c12

8>>>>>><
>>>>>>:

ð3:27Þ

gh ¼ bvregbvprobTbXbN
bvreg ¼ k1 vreg;in

� �k2
bvpro ¼ k3 vpro;in

� �k4
bT ¼ k5Treg;in þ k6Tpro;in þ k7
bX ¼ k8Xreg;in þ k9Xpro;in þ 1
bN ¼ k10N þ k11

8>>>>>>><
>>>>>>>:

ð3:28Þ

The coefficients c1–12 and k1–11 are reported in Table 3.5.
It is highlighted that in this work a correlation to predict pressure drop across the

desiccant wheel is also provided [18]:

Dp ¼ x1lava þ x2qav
2
a ð3:29Þ

where x1 = 3.77 × 106, x2 = 6.5493 and μa is the dynamic viscosity of air.

3.4.3.14 Model 14—De Antonellis et al. [18]

De Antonellis et al. [18] applied the correlations described in model 13 to evaluate
performance of an AQSOA zeolite desiccant wheel. The device has been tested in a
previous research work by Intini et al. [33] at balanced and constant airflows, at
constant revolution speed and with equal inlet humidity ratio of process and
regeneration air streams (Xpro,in = Xreg,in = Xin). Therefore, Eqs. 3.27 and 3.28 can
be reduced and simplified in the following way [18]:

g/ ¼ aTaX
aT ¼ c1 lnðTreg;in � Tpro;inÞþ c2
aX ¼ c3Xin þ 1

8<
: ð3:30Þ
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gh ¼ bTbX
bT ¼ k1Treg;in þ k2Tpro;in þ k3
bX ¼ k4Xin þ 1

8<
: ð3:31Þ

where coefficients c1–3 and k1–4 are summarized in Table 3.6.
Outlet process air conditions are calculated through Eqs. 3.23, 3.24, 3.30 and 3.31.

3.4.3.15 Model 15—Beccali et al. [20]

Beccali et al. [20] proposed an update of the desiccant wheel model previously
investigated (model 6 of this work [19]) in order to take into account unbalanced
airflow conditions. The model can be used when the process to regeneration vol-
umetric flow ratio is higher than 1. To apply model 15, it is first necessary to
calculate outlet process air conditions through model 6 (Eqs. 3.19 and 3.20)
assuming process airflow equal to the regeneration air one. Then, in such conditions
outlet humidity ratio X′pro,out and temperature and T′pro,out should be determined
through the psychrometric chart or Eqs. 3.1–3.3. Rearranging the equations pro-
posed by Beccali et al. [20], outlet conditions are finally corrected considering
unbalanced flows (α = V̇pro,in/V̇reg,in) in this way:

Xpro;out ¼ Xpro;in þ
1
a X 0

pro;out � Xpro;in

� �
� AaþBð Þ

CaþDð Þ ð3:32Þ

Tpro;out ¼ Tpro;in þ
1
a T 0

pro;out � Tpro;in
� �

� EaþFð Þ
GaþHð Þ ð3:33Þ

The parameters A–H are summarized in Table 3.7.
It is highlighted that in the work of Beccali et al. [20], the correlations are

compared to desiccant wheel data with α = 1.33 and α = 1.66.

3.4.3.16 Model 16—Beccali et al. [20]

Model 16 is an upgrade of model 7, which takes into account unbalanced airflows.
Outlet process air conditions are calculated through the same approach described in
Sect. 3.4.3.15 (Eqs. 3.32 and 3.33). In this case, parameters A–H are reported in
Table 3.8.

Table 3.6 Coefficients
adopted in model 14
(Eqs. 3.30 and 3.31) [18]

c1 c2 c3
0.099038 0.586 −2.9435

k1 k2 k3 k4
0.00058696 −0.00077447 0.16886 −3.9466
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3.4.3.17 Model 17—Beccali et al. [20]

Model 17 is similar to models 15 and 16: it is an extension of model 8 in order to
evaluate performance of such silica gel desiccant wheel at unbalanced airflow
conditions. Performance of the device is calculated through Eqs. 3.32, 3.33 and
coefficients A–H are reported in Table 3.9.

3.5 Conclusions

In this chapter book, 17 simplified models to predict outlet process air conditions of
desiccant wheels have been resumed and classified. Each of them can be used by
engineers and practitioners in order simulate air handling units integrating desiccant
wheels and to compare performance with conventional systems. It is highlighted
that desiccant wheel properties and working range (Table 3.1) should be properly
considered when selecting the model to be used.

In addition, the following criteria can be considered to select the appropriate
model:

– In case of basic simulations in a worksheet, simple non-iterative models 1–3 and
6–14 are suggested.

– The variation of the revolution speed can be evaluated only through models 12
and 13.

– High regeneration temperature (Treg,in ≥ 100 °C) is taken into account only in
models 9–11 and 14.

– If it is necessary to control and vary all the input conditions, model 13 should be
adopted.

Model outputs should always be carefully evaluated, according to the analysis
provided in Sect. 3.3, in order to avoid misleading results.

Table 3.7 Coefficients adopted in model 15 (Eqs. 3.32 and 3.33) [20]

A B C D E F G H

1.5183 −0.9185 −0.6903 1.5976 3.0621 −1.1643 −0.5745 1.4680

Table 3.8 Coefficients adopted in model 16 (Eqs. 3.32 and 3.33) [20]

A B C D E F G H

−0.0411 0.2426 −0.3540 1.3643 −0.6534 2.2014 −0.2589 1.2061

Table 3.9 Coefficients adopted in model 17 (Eqs. 3.32 and 3.33) [20]

A B C D E F G H

−1.7558 3.2668 −0.4496 1.3526 1.1016 2.8335 −0.5636 1.4794
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Chapter 4
VENTIREG—A New Approach
to Regenerating Heat and Moisture
in Dwellings in Cold Countries

Yuri I. Aristov

Abstract In cold countries, a large difference between the indoor and outdoor
temperatures (30–60 °C) in winter leads to (a) huge heat losses through a venti-
lation system, (b) moisture freezing at the systems exit, and (c) great reduction in
the indoor humidity and uncomfortable living/working conditions. Therefore, new
reliable and efficient solutions are strictly necessary to realize the concept of low (or
even zero)-energy building in such climates. This Chapter addresses a new
approach (the so-called VENTIREG) recently suggested specifically for cold cli-
mates to resolve the mentioned problems. New VENTIREG heat and mass
exchangers, developed to realize this method, were tested under climatic conditions
of the Western Siberia, Russia. The prototype systems require little maintenance,
have a low capital cost, are compact and energy efficient. Technical, economic, and
social aspects of this method are briefly discussed.

Keywords Regeneration of heat and moisture � Energy consumption � Heat losses
in buildings � Cold climate � Thermal comfort � Ventilation system � VENTIREG �
Desiccants � Open adsorption systems

4.1 Energy Consumption in the Building Sector

Nowadays, it is not possible to contemplate our manner of life without modern
heating, ventilating, and air-conditioning systems. This is especially true for urban
population which is persistently growing for past centuries. At present, more than
half of the world’s population lives in cities [1]. It is predicted that by 2050 the
urban population will reach 70% [2]. Energy efficient buildings are an essential
constituent of future sustainable cities. Such buildings have to ensure high levels of
comfort and convenience without necessarily sacrificing the standards of living,
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therefore an input of emerging low-carbon technologies aimed at rational use of
thermal energy in dwellings must be decidedly increased [3, 4].

Indeed, at present, a significant part of primary fossil fuels is spent for
heating/cooling of buildings, thus greatly contributing to GHG emissions. In
Europe, the heat consumption in buildings is responsible for 24% of the total energy
consumption of the EU-27 (2008) [5]. Forty-five percentage of total UK final
energy consumption for 2012 was for heating purposes; it being known that more
than half (24%) was used for domestic heating [6]. The building sector in Canada
accounts for about 30% of total GHG emissions [7]. In Germany, the share of
households in total final energy consumption in 2011 reaches 25% or 52 Mtoe
(million tonnes of oil equivalent), space heating being dominated (72% of the final
households energy consumption [8]). In the Russian Federation (RF), 43% of the
produced centralized heat or 138 Mtoe is used for buildings [9]. This agrees well
with the data of Ref. [10] that Russian residential, public, and commercial buildings
in 2005 were responsible for 144.5 Mtoe of final energy use, at that 75% of this heat
is consumed in dwellings.

Despite all systematic and active actions that have gone on, heat losses in
buildings still remain enormous; hence, there is considerable potential for
improving energy efficiency in residential buildings and the related infrastructure.
According to the International Energy Agency (IEA), the building sector can reduce
energy consumption with an estimated global energy savings of 1509 Mtoe which
can possibly mitigate 12.6 Gt (gigatonnes) of CO2 emissions by 2050 [11].
Technical potential of energy saving in the Russian buildings sector exceeds
68 Mtoe or 47% of the total consumption, the largest potential being evaluated for
residential buildings [10]. The major part (67%) of saving can be implemented
through the reduction in district heating use for space heating and hot water. About
85% of the technical potential is economically viable, while 72% is market
attractive with the 2010 energy prices [10]. Similar estimations are reported in [12]:
a technical GHG reduction potential for the Russian building stock by 2030 ranges
between 26 and 47% of the national baseline.

4.2 The Structure of Heat Losses in Dwellings

Particular ways of the energy saving in the building sector are dictated by the
structure of heat losses in dwellings (Fig. 4.1), which depends on climatic condi-
tions and building types. For instance, the UK has around 26.7 million domestic
houses and flats [13], and this building stock is one of the oldest in Europe. As
shown in Fig. 4.1b, for average UK dwelling, the main losses due to building fabric
are related to heat fluxes through the walls (37%) and windows (19%) together with
those associated with air infiltration in ventilation system (18%).

By the end of 2012, the total floor area of dwellings in Russia reached 3.3 billion
m2, 72% being related to urban development [14]. In Russia, the space heating is
responsible of 58% of overall energy consumption in residential buildings with
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district heating systems which cover c.a. 75% of all dwellings. A small part of
dwellings built after 2000 meet acceptable heat efficiency requirements, whereas the
majority of older buildings have significantly lower space heating efficiency. The
value of Specific Energy Consumption (SEC) for space heating strongly depends on
the year of dwelling construction: for buildings erected before 1990, in 1991–2000
and after 2000, the average SEC is estimated as 0.97, 0.55 and 0.38 GJ/m2/year,
respectively [10]. New, and much more severe, standards for thermal protection of
buildings were set in 2003 by a new Russian building code (SNiP 23-02-2003
“Thermal Performance of Buildings” [15]). These standards are based on the total
number of heating degree days (HDD) for particular climatic zone/city.

Another important factor affecting the heating standards is the dwelling size or
the number of storeys. Thermal performance of individual low-rise buildings (1–3
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Fig. 4.1 a Schematics of heat losses of building, b share of heat losses in the average UK building
and the whole building stock [16]
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storeys) and multi-storied apartment buildings (4–25 storeys) differs essentially: in
smaller dwellings, 1 m2 of heated rooms area is accompanied by 1.7–3.3 m2 of
building fabric area, whereas for larger buildings this ratio is considerably less and
varies from 0.6 to 1.3 m2 [14], which leads to radically lower heat losses through
the building constructions (Fig. 4.2). It is interesting to mention that the structure of
heat losses in the Russian dwellings erected before 2000 (the left half of Fig. 4.2) is
close to that reported for the average building in the UK (Fig. 4.1b).

It can be concluded from Fig. 4.2 that for modern dwellings with better fabric
insulation, a portion of the heat losses through ventilation system significantly
increases and becomes dominant in high-rise buildings. The same tendency was
reported by many researchers (see, e.g., [17, 18]). Therefore, a further improvement
in the dwellings thermal efficiency is associated, first of all, with a decrease in heat
losses through ventilation system. This can be achieved by implementation of
traditional and novel technologies of heat recovery in ventilation systems (see, e.g.,
[17–21]).
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Fig. 4.2 Share of heat losses in individual, two-storied (top), and apartment, nine-storied (bottom)
buildings under climatic conditions of Moscow [16]. Left buildings erected before 2000, right
buildings erected according to the new standards of 2003 [14]. Numbers denote the specific heat
losses
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4.3 Requirements to Ventilation System in Cold Climates

In this chapter, we briefly consider specific conditions typical for operation of
ventilation systems in countries with cold climate.

4.3.1 Heat Recovery

According to the previous studies [14, 17, 20, 21], the heat losses through venti-
lation system of buildings increase at larger temperature differences between indoor
and outdoor air. In cold climates, this difference can often exceed 50 °C. Indeed,
Fig. 4.3 clearly demonstrates that in many world’s territories the average winter
temperature is as low as (−30) to (−45) oC. It is reasonable to assume that these
losses correlate with the number of heating degree days HDD ¼ HðTbas � �ToutÞ,
where H is the heating period, Tbas is a base indoor temperature (in Russia it is fixed
at 20 °C [24]), and Ťout is the outdoor temperature averaged over the heating period
(see Table 4.1). In Russia, the heating period H = H8 is fixed as a cold season with
the mean daily outdoor temperature Tout ≤ 8 °C. For instance, in Moscow,
H8 = 214 days and HDD (Tout ≤ 8 °C) = HDD8 = 4943 (°C�day)/year, in
Novosibirsk—230 days and 6601 (°C�day)/year, and the average HDD8 in Russia
is 5140 (°C�day)/year (Table 4.1).

In other cold countries, the heating period H is calculated in a somewhat different
way and the base indoor temperature is fixed lower (16–18 °C) than in Russia. As a
result, the so-called HDD10 (an arctic heating degree days below 10 °C) differs from
HDD8 as displayed in Table 4.1 for the selected Russian cities. For comparison, the
same indicator (in (°C�day)/year) for several European capitals is as follows: London
—1860 [25], Helsinki—2601, Oslo—2324, Stockholm—1847, Copenhagen—1311
[14]. Thus, on the largest part of the territory of Russia, the demand for thermal

Table 4.1 Characteristics of heating season in selected Russian cities (the data were taken from
[14, 26]) and some useful estimations (see text below)

City H8
(day/year)

Ťout (°C) HDD8,
[(°C�day)/
year]

HDD10
[(°C�day)/
yr]

Tmin
a (°C) Wav

(kW)
Q (GJ/year)

Moscow 214 −3.1 4943 2964 −28 1.2 22.2

St. Petersburg 220 −1.8 4796 2750 −26 1.1 21.6

Rostov on
Don

171 −0.6 3523 1676 −22 1.0 14.7

Yekaterinburg 230 −6.0 5980 3759 −35 1.3 26.9

Novosibirsk 230 −8.7 6601 4115 −39 1.5 29.7

Yakutsk 256 −20.6 10394 – −55 2.1 46.8

Khabarovsk 211 −9.3 6182 4425 −31 1.5 27.8
aThe reference outdoor temperature used for designing the regional heating systems
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energy needed for space heating is higher than in the Northern Europe. In much the
same way, very cold territories are located in the northern parts of Canada and USA
(Fig. 4.3), e.g., for Barrow, Alaska HDD10 = 11,055 (°C�day)/year that is similar to
Yakutsk, Russia (Table 4.1). One may expect that the most efficient measures to
reduce the ventilation heat losses have to be made in the territories with large HDD
values.

The data of Table 4.1 allow a brief estimation of the power Wav necessary for
heating outdoor air up to the base indoor temperature of 20 °C, averaged over the

Fig. 4.3 Average air temperature in January in the World [22] (a) and territory of the ex-USSR
[23] (b)
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heating period H8. For a reference apartment/house of 100 m2 total area (or the
total volume V = 300 m3) with the air exchange E of 0.5 h−1, this power is
Wav ¼ CpVE Tbas � �Tout

� �
, where the air-specific heat Cp is assumed constant and

equal to 1.25 kJ/(m3 K). This power is displayed in Table 4.1 together with the
annual amount of heat Q necessary for the outdoor air preheating. The annual heat
demand only for preheating of outdoor air is larger that the maximum space heating
standards established for a low-energy building. For instance, according to the
German rules, the latter is 50 kWh/(m2 year) that corresponds to 18 GJ/year for the
reference 100 m2 house. These estimations clearly demonstrate that recovery of
ventilation heat is strictly necessary in cold countries in order to satisfy the stan-
dards of energy efficient building and make bills for heating acceptable.

4.3.2 Moisture Recovery

Another problem that appears during cold winter is continuous loosing of moisture
through ventilation system [21, 27]. Indeed, the absolute humidity of supplied
(outdoor) air dout is extremely low (e.g. ≤0.29 g/m3 at −30 °C) that results in
dramatic reducing the indoor relative humidity (down to 10–20%, Fig. 4.4) in
winter season that is far out of the borders of indoor thermal comfort. The indoor
RH is also sensitive to the presence of central heating period (Fig. 4.4).

Let us estimate the mass M of water vapour that has to be generated inside the
mentioned reference house in order to maintain an acceptable RH of 40% (at
Tin = 20 °C, this corresponds to the indoor absolute humidity din = 7.1 g/m3) if the
outdoor tempera ture is −30 °C: M = VE(din − dout) = 1.02 kg/h. A power of
0.7 kW is required for the forced vapour generation (evaporation) that is ca. a half
of the average power spent for air preheating (Table 4.1).

Fig. 4.4 Typical evolution of
the indoor relative humidity in
a room with natural air
infiltration (Novosibirsk,
Russia: 55° 02′N, 83° 00′E).
The RH data between
September 4, 2007, and
October 25, 2007, were not
recorded
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Therefore, in cold countries, it is extremely important to organize not only
efficient heat exchange between exhaust and supply air flows, but also a partial
exchange of moisture between these flows to maintain the indoor humidity within
the comfortable range.

The partial transfer of water vapour from the exhaust flow to the supply one is
also necessary in order to avoid a frost formation near the outlet of exhaust air flow
of ventilation system. It may happen when outdoor air is cooled below a water
freezing temperature [28, 29]. Table 4.2 shows that a dew point of the exhaust air is
rather high, and to avoid or at least alleviate a frost formation the absolute humidity
of the exhaust air has to be reduced down to 0.2–0.5 g/m3.

4.3.3 Modern Heat and Moisture Recovery Approaches

As discussed above, for winter season in severe climates (typical for Russia, the
Northern Europe, the USA, and Canada), the difference ΔT between indoor and
outdoor temperature can reach 50–60 °C or even more that leads to enormous heat
losses and freezing of moisture at the system exit. As a result, common heat
recovery units integrated in ventilation systems may not be capable to work at these
conditions. Moreover, such systems are not able to manage the indoor humidity,
which dramatically reduces in winter season that greatly disbalances the indoor heat
comfort. Thus, to fill these three main gaps in the current ventilation techniques, the
following actions should be performed:

– efficient exchange of heat between the exhaust and supply air fluxes to reduce
heat losses,

– reasonable drying of the exhaust air to avoid ice formation at the system exit,
– moisturizing the supply air to provide indoor conditions of human thermal

comfort.

There are many technologies suggested and studied for resolving these prob-
lems. Here we just briefly survey the current state of the art in this field. The
interested reader is referred to appropriate reviews, e.g., Ref. [21] which specifically
addresses energy recovery systems in apartment buildings located in cold climate
countries using central air handling units. In that review, heat exchangers recov-
ering sensible heat are compared with energy exchangers with recovery of both
sensible and latent heat, whereas here we consider only the energy exchangers.

Table 4.2 Dew point of the exhaust air at various RH values and Tin = 20 °C

RH (%) 1 2 5 10 20 30 40 60

din (g/m
3) 0.18 0.36 0.88 1.8 3.6 5.4 7.2 10.8

Dew point (°C) −34.5 −28 −19 −11 −3 +2 +6 +11
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4.3.3.1 Energy wheels

Energy wheels are regenerative exchangers aimed to exchange heat and moisture
between supply and exhaust air streams in ventilation systems of buildings (see the
fundamentals in Refs. [30, 31]). When humid and warm exhaust air flows through
the adsorbent coated wheel in the return section, both moisture and heat taken from
this stream are adsorbed and stored in the wheel. Therefore, the frost formation in
this section becomes less likely [30]. As the wheel turns, the part, where the
sensible and latent energies have been accumulated, appears in the supply section
where cold and dry outdoor air takes the stored heat and moisture and becomes
more warm and humid. The wheel effectiveness is typically 50–85% for both latent
and sensible heat recovery [32] that is sufficient for the majority of applications.
These units exhibit a low pressure loss only of 50–200 Pa that is lower than for
most of other air-to-air heat exchangers [30].

Some shortcomings are inherent for energy wheels, namely, moving parts that
need appropriate maintenance, carryover leakage due to penetration of a small
fraction of exhaust air to inlet air that reduces the efficiency and can be a source of
odour transfer [33].

4.3.3.2 Membrane energy exchangers

Another solution to resolving the mentioned severe problems is the application of
porous polymer membranes partially permeable for moisture. Membrane energy
exchangers are a new class of flat plate energy exchangers proposed by Zhang [34],
which already has passed away from fundamentals to engineering applications [27,
35, 36].

Such energy exchangers are similar to traditional flat heat exchangers with the
difference that the former use polymeric plates permeable for water instead of
common metal sheets. Partial transfer of water through the membrane helps in
drying the exhaust flux and moisturizing the supply one. The transfer is driven by
the gradient of moisture concentration in the streams and depends on the compo-
sition, shape, and size of the membrane.

These energy exchangers are simple and reliable. There are no moving parts, and
no external heat for regeneration of desiccant is required. However, the problem of
odour can still be important because there is a mass transfer through the membrane.
Frosting in the membrane, its mechanism and limits also need more theoretical and
experimental investigations, because so far the majority of tests have been per-
formed in warm and humid climates, like in Hong Kong [37], rather than in cold
and dry ones. At least, paper membranes are expected to be not appropriate for cold
climates due to the ice formation on the membranes [21].

Despite significant progress achieved for the past decades in developing energy
exchangers for cold climates, some of which have already appeared in the marked,
still there is much room for further improving the existing devices and development
of new advanced energy exchangers.
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4.4 The New Approach to Regeneration of Heat
and Moisture in Ventilation System

In this section, we describe a new approach (the so-called VENTIREG) for regen-
erating heat and moisture in ventilation systems which allows resolution of the
problems typical for cold countries, which are discussed above. Several prototypes of
VENTIREG units were designed and tested under both laboratory conditions and real
climatic conditions of the Western Siberia (Novosibirsk city: 55° 02′N, 83° 00′E).

4.4.1 Description of the Approach

To exchange the sensible heat between the supply (fresh) and outlet (exhaust) air
streams, a layer of heat storing material (HSM) is placed closer to the unit exit (1 on
Fig. 4.5). A layer of solid desiccant (adsorbent) is located closer to the unit entrance
from the room side (2 on Fig. 4.5). It serves as a moisture buffer. The VENTIREG
unit operates in two modes:

– outflow mode (Fig. 4.5, upper part): a warm and humid indoor air is blown by
an extract fan through the dry adsorbent, which captures and retains the indoor
moisture [38]. Dried and warm air enters layer 1 and heats it up. After that, the
air flux switches;

– inflow mode (Fig. 4.5, bottom part): a dry and cold outdoor air is blown by a
supply fan through the warm layer of HSM and is heated up to temperature
T close to that in the room Tin, thus recovering the stored heat. Passing through
the layer of the humid adsorbent, warm and dry air causes the adsorbed water to
be desorbed and brings moisture back to room [38], thus maintaining the indoor
moisture balance. Because of the finite heat capacity of layers 1 and 2, the
temperature of incoming air is slowly decreasing, and the air flux switches when
the difference (Tin − T) reaches a predetermined value ΔT0, and so on.

inT

outflow mode

inflow mode

Tout

t1 2t t1 1t t2 3t

t12tt32t t1

T0

0T inT -

Tout

TinoutT

temperature front
moisture front

Fig. 4.5 Schematics of the
VENTIREG process for
simultaneous regeneration of
heat and moisture in
ventilation system [20]. The
temperature and moisture
profiles are shown at various
times t1 < t2 < t3
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After a transient period, a steady-state regime is observed with the time interval
Δτ (a half cycle time) between the flux switches (see Fig. 4.8). For continuous
operation, two similar units should work in the opposite modes (Fig. 4.5).

4.4.2 Selection of Proper Adsorbent

Adsorbent is a key element of the VENTIREG unit. On the one hand, it should have
sufficient affinity to water vapour in order to catch moisture and to dry an exhaust
air down to a low dew point. On the other hand, it should easily release the retained
moisture to a dry air stream without additional heat supply. By now, there is no
theoretical prediction what has to be an optimal adsorbent for the VENTIREG units
in different climates; however, several commercial desiccants were directly tested
for this application [38]. The adsorbents were alumina A1 (γ-Al2O3), microporous
silica gel of KSM type, and novel composite adsorbents IK-011-1 and IK-011-2.
The alumina and silica are common adsorbents used for gas drying [39], whereas
IK-011-1 and IK-011-2 consist of alumina and silica, respectively, doped with
calcium chloride (12 mass %). The salt was introduced into the alumina pores by
“incipient wetness” impregnation from the salt aqueous solution and subsequent
drying at 150 °C for 2 h [40]. The salt is highly hygroscopic and can significantly
increase both static and dynamic water sorption capacity [40, 41]. Cylindrical
grains of alumina and IK-011-1 of 1.8 and 4.5 mm diameter and 6–8 mm length as
well as spherical grains of silica of 2–6 mm diameter were used in those
experiments.

First, these adsorbents were tested in a flow adsorber under typical conditions of
air drying (pressure 5.8 bar, contact time 0.3 s, inlet humidity 17 g/nm3). The
breakthrough curves presented in Fig. 4.6 clearly demonstrate that for all adsorbents
tested the dew point of outlet air is lower than –40 °C that makes them potentially
applicable not only for air drying, but for the VENTIREG application as well. The
water sorption capacity increases in the order IK-011-2 > IK-011-1 > KSM > A1.
The breakthrough time for IK-011-1 was 2–2.5 folds longer than for the pure alu-
mina. Hence, the modification of common adsorbents with hygroscopic salts can,
indeed, significantly increase the dynamic sorption capacity (for alumina, from
0.14 g/g or 100 g/dm3 up to 0.35 g/g or 280 g/dm3). Similar enhancement was
observed for mesoporous silica gel KSK modified by CaCl2 (IK-011-2), for which
the dynamic sorption capacity was even larger than for IK-011-1 (up to 0.52 g/g or
360 g/dm3). Unfortunately, this composite sorbent demonstrated lower hydrother-
mal stability than IK-011-1 [40].

The dynamic sorption capacity of IK-011-1 appeared to reduce from 0.35 to
0.26 g/g for larger adsorbent grains (4.5 mm vs. 1.8 mm diameter). This indicates
that intra-grain diffusion of water vapour can be a process that controls the
adsorption rate. From this point of view, it is profitable to reduce the grain size;
however, it can result in dramatic increasing the hydrodynamic resistance of the
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adsorbent bed (Fig. 4.7), so that the grain size has to be a compromise between
these tendencies (tentatively, 2–4 mm).

At the second stage, the three mentioned desiccants were specifically tested
under laboratory conditions typical of the VENTIREG process. The experiments
were carried out as follows: the adsorbent (ca. 3 kg) was placed into a cylindrical
adsorber of 210 mm diameter and 160 mm length. At the adsorption stage, the air
at the room temperature and relative humidity RH = (29.5 ± 1.5) % was passed
through the adsorber. After 10 min, a reverse flow of dry air (RH = 2.3%) was
supplied at room temperature from the opposite side of the adsorber (desorption
stage). The air flux rate was changed from 5.0 to 31.3 m3/h that corresponded to the
contact time 4.0–0.6 s. More experimental details can be found elsewhere [38].

These tests revealed that the commercially produced desiccants can be effec-
tively used as moisture buffers regulating the moisture of the outlet air flow in a
wide range. The degree of both air drying and humidification increased in the order
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IK-011-1 > KSM > A1 similar to that found for the dynamic water sorption
capacity (Fig. 4.6). The use of the IK-011-1 sorbent modified by CaCl2 allows
increasing the amount of accumulated moisture by 1.3–1.8 times as compared with
the pure alumina. The IK-011-1 absorbs additional amount of water vapour due to
the chemical reaction [42]

CaCl2 þ nH2O , CaCl2 � nH2O ð4:1Þ

with the formation of solid hydrates inside the alumina pores (n = 0.33, 1, 2, and 4).
Therefore, composite IK-011-1 was selected as the most promising for further
testing in the VENTIREG prototypes.

The degree of air drying/humidification depends on the nature of adsorbent, its
grain size, the contact time and can reach 0.90–0.98. For example, for IK-011-1
grains (diameter/length = 1.8/6 mm), it reaches 0.98 at the inlet flow rate of
5.0 m3/h, means, practically all moisture that was introduced into the layer is
absorbed by the adsorbent. Even at the flow rate 31.3 m3/h (τ ≈ 0.6 s), the layer
absorbs 0.74 of the income moisture. For the pure alumina, these values are 0.75
and 0.62, respectively. For larger grains, the degree of drying appropriately reduces
likely due to intra-grain diffusion limitations.

It is interesting that varying the salt nature or/and the salt content one can
intently tailor the sorption ability of the composite as discussed in [42]. In partic-
ular, smaller salt content can be recommended at larger indoor humidity. Adsorbent
optimal for the VENTIREG should exhibit no or little hysteresis which may
complicate water desorption. To alleviate the problem of odour and VOC transfer
between the income and outcome air streams, the optimal adsorbent has to poorly
adsorb these compounds.

4.4.3 Designing and Testing of VENTIREG Prototypes

To study and optimize the heat and moisture recovery, four experimental units with
the air flux up to 40 (I), 135 (II, III) and 220 (IV) m3/h were built and tested
(Fig. 4.8). The adsorbers were filled with composite IK-011-1 selected as the best
water buffer. The heat storage part was organized as a bed of loose particles of
gravel of irregular shape (4–7 mm in size). Units I–III could operate only under
intermittent mode because they had only one adsorber. Unit IV was designed for
continuous operation and had two “adsorbent—HSM” beds working in opposite
modes (Fig. 4.5).

Typical evolution of the air temperature T during cycling operation is displayed
in Fig. 4.9 (unit I). The steady-state regime is set after 10–20 min. All the regular
tests were performed under this regime. The half cycle time Δτ increases at larger
ΔT0 and longer contact time (or smaller Re-numbers) as shown in Fig. 4.10 plotted
for unit III.
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Figure 4.11 displays typical evolution of the air temperature and absolute
humidity as function of time t for cycling (steady state) VENTIREG operation (unit
III). During the outflow mode, the indoor air at T = 20 °C and d = 5 g/m3 was
passed through the adsorbent and HSM. At the beginning of this mode, the air was
dried and cooled down to 0.5 g/m3 and −26 °C, respectively. During this first half
of the cycle, the air temperature and humidity were gradually increasing until the
temperature reached −18 °C (at Δτ ≈ 580 s) that was 10 °C higher than the out-
door temperature −28 °C (ΔTo = 10 °C). Then, the system was switched to the
inflow mode: the outdoor air at T = −28 °C and d = 0.35 g/m3 was passed through
the HSM and adsorbent (see Fig. 4.5). At short times, the air was humidified and
heated up to 4.8 g/m3 and 20 °C. Then, its temperature and humidity were

Fig. 4.8 View of VENTIREG units I–IV: the inlet air flow rate up to 40 m3/h (a), 135 m3/h (b,
c), and 220 m3/h (d)
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gradually decreasing until the temperature reached 10 °C that was 10 °C lower than
the room temperature, and the next cycle was started (Fig. 4.11).

The air fluxes during the inflow and outflow modes were equal, and the data
given in Fig. 4.11 allow estimation of the efficiencies of heat regeneration
θ = SACDE/SABDE and moisture regeneration β = SKMOP/SKLOP, where S is the area
of appropriate figures. As shown in Fig. 4.11, the θ value is rather large: almost all
heat is accumulated during the outflow mode and returned to the room during the
inflow mode (only the amount of heat corresponding to area ABC is lost, Fig. 4.11).
The heat regeneration degree would be even larger at ΔT < 10 °C.

Unit III was continuously tested under climatic conditions of the Western Siberia
(Novosibirsk city: 55° 02′N, 83 °00′E) during a full HDD season of 2005–2006. As
the outdoor temperature Tout and, hence, the difference ΔTMAX = Tin − Tout were
not constant during these field tests, it is convenient to present the heat regeneration
degree θ as a function of the dimensionless temperature difference D~T ¼
DTo=DTMAX (Fig. 4.12a). The collected data demonstrated that a high heat
regeneration efficiency (θ > 0.9) can be readily obtained at D~T ≈ 0 ÷ 0.25 that is a
very common case. The degree of moisture regeneration was lower (Fig. 4.12b).
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°CFig. 4.9 Typical evolution of
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Fig. 4.10 Half cycle time Δτ
(s) as a function of the Re-
number (unit III) [20]
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For generalization, it is similarly presented in Fig. 4.12b as a function of dimen-
sionless difference in the absolute humidity D~d = Δd/ΔdMAX, where Δd is the
difference in the absolute humidity at the moment of flux switching, ΔdMAX is the
maximal difference in the absolute humidity during a particular experiment.
Nevertheless, the β values larger than 0.7 were recorded at D~d = 0 ÷ 0.7, so that an
efficient regeneration of both heat and moisture took place in VENTIREG unit III. It
is important that both these efficiencies can be easily and purposefully varied by
managing the half cycle time Δτ which depends on ΔTo and the Re-number
(Fig. 4.10), and the range of Δτ-variation can be rather wide (3–70 min).

It is somewhat surprising that for unit III the values of both θ and β can be
approximated by a unique equation

hðbÞ ¼ 1� 0:38 � DeT ðD~dÞ � 0:12 � DeT ðD~dÞ2: ð4:2Þ

The fact that both θ and β are described by the same equation may indicate a
strong coupling of heat and mass transfer processes when a humid air passes
through an adsorbent layer [43]. At the same ΔTo, the efficiency of heat regener-
ation increases with the rise of ΔTMAX that means the VENTIREG unit operates
better at colder climates. Indeed, if ΔTo = 10 °C, at ΔTMAX = 50 °C, D~T = 0.2 and
θ ≈ 0.92, at ΔTMAX = 30 °C θ ≈ 0.87, whereas at ΔTMAX = 20 °C the θ value is
again lower (0.79), yet very promising for practice.

Fig. 4.11 Evolution of the air temperature T and the absolute humidity d as functions of time
t during cycling operation of VENTIREG unit III (1 indoor side, 2 at the middle of the unit, 3
outdoor side). Tin = 20 °C, Tout = −28 °C, ΔT0 = 10 °C. Air flux 123 m3/h
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It is interesting to note that equations similar to Eq. (4.2) were obtained during
field tests of VENTIREG units II and IV. This is probably because of the fact that
heat and mass transfer processes and the main geometrical proportions [44] of the
all three units are similar.

Very important finding of the field tests of VENTIREG units II-IV is that no ice
formation inside the units or at the units exit was revealed during the whole winter
period. Another finding is a very little maintenance required for the VENTIREG
units tested.

4.4.4 Other Aspects of the VENTIREG Technology

Here we consider several issues of further development of the VENTIREG
approach, like electricity consumption, scaling-up, as well as economic, hygienic,
and social aspects.

Composite sorbent IK-011-1 was found to demonstrate better performance than
common desiccants, like silica and alumina, first of all, due to large water sorption
capacity and moderate affinity to water vapour. This allows essential minimization
of the adsorbent amount and unit size. The reduced amount of adsorbent leads to
lower hydrodynamic resistance of the VENTIREG unit as well. As a result, the
using of cheap blade-type fans instead of centrifugal ones becomes possible that
will give a reduction in the electricity consumption. For instance, unit III consumes
for air blowing only 20–40 W of electric power and provides the heating load of
600–1400 W that corresponds to the electrical coefficient of performance as high as
25–35.
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Fig. 4.12 a Efficiency of heat regeneration θ as a function of the relative temperature difference
ΔTo/ΔTMAX; b efficiency of moisture regeneration β as a function of the relative difference in the
absolute humidity Δd/ΔdMAX. ΔT0 = 5.0 (1), 7.5 (2), 10.0 (3), 12.5 (4), 15.0 (5) °C; 6 calculated
according to Eq. (4.2). Unit III
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The magnification of VENTIREG units from laboratory to larger size may lead
to the decrease in the process efficiency with the raise of unit diameter. The scale-up
theory shows that this effect is a result of the radial non-uniformity of the velocity
distribution in the layer (column) [45, 46]. Application of appropriate mathematical
models will permit analysis, optimization, and design of VENTIREG units for heat
and moisture recovery in ventilation systems for single room, family house, and
large residential buildings. The final aim is to meet the indoor air quality and saving
energy standards in such dwellings. Harmonization of the adsorbent with the
VENTIREG process is another important goal of future analysis. This analysis is
still necessary to realize which adsorbents are optimal for the VENTIREG process
in various climatic zones.

Economic impact of the VENTIREG approach is due to the expectation that it
reliably supplies fresh air at cost lower than common systems. Estimations [47]
based on current performance give for a standard two rooms apartment (47 m2) in
Novosibirsk, Russia, the unit capital cost of about 90–110 Euro, annual saving in
operating costs about 40–45 Euro, and a payback period of 2.0–2.6 years. The
energy saving is 43–45%. Larger saving can be expected for larger apartments
under conditions of Northern Europe, where the cost of electricity, gas, and oil is
much higher. Further improvements in the VENTIREG system will make it pos-
sible a further increase in the economic impact.

Social impact arises mainly from the fact that the VENTIREG unit provides
comfortable and healthy environment in dwellings, which tightly satisfy specified
range of human comfort (Fig. 4.13). The final result is the improvement in human
living standards.

Thus, the suggested VENTIREG unit exchanges stale, contaminated room air
with fresh outdoor air, recovering up to 95% of energy and 70–90% of moisture
from the exhaust air and prevents the formation of ice at the unit exit. For countries
with a cold climate, this makes it possible to bring in more conditioned fresh air at

Fig. 4.13 VENTIREG as
looked with the eye of the
artist (drawn and kindly
provided by A. Shorin)
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lower cost. The prototype units III and IV supply fresh air at 135–220 m3/h with
effective regeneration of both heat and moisture. This will provide 0.5–1.0 air
changes per hour for a typical one family detached house. The unit requires very
little maintenance, has a low capital cost, and is compact and energy efficient.

Hygiene is another very important issue. Indeed, the exhausted indoor air may
contain various contaminants, including pathogenic bacteria and microbes. Before
field testing the VENTIREG units, we had not performed any special precautions
against these health hazards. After the field tests during whole winter period, we
found no organic contaminations or bacteria growth inside the unit. A possible
reason is that no formation of liquid water occurs inside the device during its cyclic
operation. Indeed, water caught by the sorbent is stabilized in the form of crystalline
hydrates of the salt (CaCl2) according to reaction (4.1). As these hydrates are solid
substances, the environment inside the device is not humid; hence, it does not
encourage the bacteria formation and growth. Even if some amount of the salt
solution forms at high water uptakes, the concentration of the salt in this solution
will be larger than 25 wt%. So large salt concentration allows avoiding the bacteria
formation and multiplication. This is an essential advantage of the VENTIREG unit
over standard ventilating and air-conditioning systems containing liquid water.
Future study will show whether this unit requires standard precautions, namely
comprehensive epidemiological investigation, periodic cleaning, and inspections
for possible bacteria outbreaks as well as appropriate preventive disinfection
measures (UV-radiation, ozonation, biochemical treatment, etc.).

References

1. United Nations Population Fund (2012) State of the World population 2011
2. UN-HABITAT (2008) State of the world’s cities report 2008–2009: Harmonious cities: http://

unhabitat.org/books/state-of-the-worlds-cities-20082009-harmonious-cities-2/. Accessed 25
Aug 2016

3. James P, Magee L, Liam S, Scerri A, Steger M (2015) Urban sustainability in theory and
practice: circles of sustainability. Routledge, London

4. Rassia S, Pardalos P (eds) (2015) Cities for smart environmental and energy futures, impacts
on architecture and technology. Springer, New York

5. Eurostat (2010) Energy yearly statistics 2008, Publication Office of the European Union
6. DECC (Department of Energy & Climate Change) (2013) Energy consumption in the UK.

Overall Energy Consumption Factsheet, Department of Energy & Climate Change. Available
from https://www.gov.uk/government/publications/energy-consumption-in-the-uk. Accessed
25 Aug 2016

7. NRC (2006) Operating energy in buildings. http://cn-sbs.cssbi.ca/operating-energy-buildings.
Accessed 25 Aug 2016

8. Ziesing HJ, Schlomann B, Rohde C, Eichhammer W, Kleeberger H, Tzscheutschler P (2011)
Anwendungsbilanzen für die Endeniergiesek-toren in Deutschland im Jahr 2008. In AG
Energiebilanzen beauftragt vom BMWiProjektnummer 40/08

9. Report «On enhancement of energy efficiency of the Russian economy». Arkhangelsk, April
2009. http://www.cenef.ru/file/Report%2025.05.09.pdf. Accessed 25 Aug 2016

4 VENTIREG—A New Approach to Regenerating Heat and Moisture … 105

http://unhabitat.org/books/state-of-the-worlds-cities-20082009-harmonious-cities-2/
http://unhabitat.org/books/state-of-the-worlds-cities-20082009-harmonious-cities-2/
https://www.gov.uk/government/publications/energy-consumption-in-the-uk
http://cn-sbs.cssbi.ca/operating-energy-buildings
http://www.cenef.ru/file/Report%2025.05.09.pdf


10. Bashmakov I, Borisov K, Dzedzichek M, Gritsevich I, Lunin A (2008) Resource of energy
efficiency in Russia: scale, costs and benefits. CENEf—Center for Energy Efficiency.
Developed for the World Bank, 102 p. http://www.cenef.ru/file/Energy%20balances-final.pdf.
Accessed 25 Aug 2016

11. International Energy Agency (2010) Energy technology perspectives 2010: strategies and
scenarios to 2050. OECD/IEA, Paris

12. Ürge-Vorsatz D, Novikova A (2008) Potentials and costs of carbon dioxide mitigation in the
world’s buildings. Ener Pol 36:642–661

13. The Future of Heating: a strategic framework for low carbon heat in the UK, Department of
Energy and Climate Change (2012)

14. Filippov SP, Dil’man MD, Ionov MS (2013) The optimum levels of the thermal protection of
residential buildings under climatic conditions of Russia. Therm Eng 60:841–851

15. SNiP 23-02-2003, Thermal Performance of Buildings (2004) State Construction Committee
of the Russian Federation, The Central Institute for Type Designing, Moscow

16. Aristov YI (2015) Progress in adsorption technologies for low-energy buildings (review).
Future Cities Environ 1(10):13p. doi:10.1186/s40984-015-0011-x

17. Liddament MW, Orme M (1998) Energy and ventilation. Appl Therm Eng 18:1101–1109
18. Mardiana-Idayu A, Riffat SB (2012) Review on heat recovery technologies for building

applications. Ren Sust Ener Rev 16:1241–1255
19. Riffat SB, Zhao X, Doherty PS (2006) Application of sorption heat recovery systems in

heating appliances—feasibility study. Appl Therm Engn 26:46–55
20. Aristov YI, Mezentsev IV, Mukhin VA (2008) A new approach to regenerating heat and

moisture in ventilation systems. Energ Build 40:204–208
21. Alonso MJ, Liu P, Mathisen HM, Ge G, Simonson C (2015) Review of heat/energy recovery

exchangers for use in ZEBs in cold climate countries. Build Environ 84:228–237
22. http://www.200stran.ru/maps_group28_item304.html. Accessed 25 Aug 2016
23. http://comrade-86.narod.ru/problems/img/rr001.jpeg. Accessed 25 Aug 2016
24. GOST 30494 96 (1999) Residential and Public Buildings: parameters of microclimate for

indoor enclosures. State Construction Committee of the Russian Federation. The Central
Institute for Type Designing, Moscow

25. http://ukclimateprojections.metoffice.gov.uk/media.jsp?mediaid=87928&filetype=pdf.
Accessed 25 Aug 2016

26. www.http://teplo-info.com/. Accessed 5 June 2016
27. Zhang LZ (2012) Progress on heat and moisture recovery with membranes: from

fundamentals to engineering applications. Energy Convers Manag 63:173–195
28. Bilodeau S, Brousseau P, Lacroix M, Mercadier Y (1999) Frost formation in rotary heat and

moisture exchangers. Int J Heat Mass Transfer 42:2605–2609
29. Simonson CJ, Besant RW (1998) Heat and moisture transfer in energy wheels during

sorption, condensation and frosting conditions. ASME J Heat Transf 120(3):699–708
30. Simonson CJ (2007) Heat and energy wheels. Encycl Energy Eng Technol 2
31. Zheng X, Ge TS, Wang RZ (2014) Recent progress on desiccant materials for solid desiccant

cooling systems. Energy 74:280–294
32. ASHRAE (2008) ASHRAE handbook HVAC systems and equipment
33. Shah RK, Skiepko T (1999) Influence of leakage distribution on the thermal performance of a

rotary regenerator. Appl Therm Eng 19:685–705
34. Zhang LZ, Jiang Y (1999) Heat and mass transfer in a membrane-based energy recovery

ventilator. J Membr Sci 163(1):29–38
35. Zhang LZ, Zhang XR, Miao QZ, Pei LX (2012) Selective permeation of moisture and VOCs

through polymer membranes used in total heat exchangers for indoor air ventilation. Indoor
Air 22:321–330

36. Kistler KR, Cussler EL (2002) Membrane modules for building ventilation. Chem Eng Res
Des 80:53–64

37. Zhang LZ, Niu JL (2001) Energy requirements for conditioning fresh air and the long-term
savings with a membrane-based energy recovery ventilator in Hong Kong. Energy 26:119–135

106 Y.I. Aristov

http://www.cenef.ru/file/Energy%20balances-final.pdf
http://dx.doi.org/10.1186/s40984-015-0011-x
http://www.200stran.ru/maps_group28_item304.html
http://comrade-86.narod.ru/problems/img/rr001.jpeg
http://ukclimateprojections.metoffice.gov.uk/media.jsp?mediaid=87928&filetype=pdf
http://teplo-info.com/


38. Aristov YI, Mezentsev IV, Mukhin VA (2005) A study of the moisture exchange under air
filtration through an adsorbent layer. J Eng Therm Phys 78:248–255

39. Yang RT (1997) Gas separation by adsorption processes. Imperial College Press, London
40. Aristov YI (2004) Selective water sorbents for air drying: from the lab to the industry. Cat

Industry 1:36–41 (in Russian)
41. Aristov YI, Restuccia G, Cacciola G, Parmon VN (2002) A family of new working materials

for solid sorption air conditioning systems. Appl Therm Engn 22:191–204
42. Gordeeva LG, Aristov YI (2012) Composites “salt inside porous matrix” for adsorption heat

transformation: a current state of the art and new trends. Int J Low Carbon Techn 7:288–302
43. Close DJ, Banks PJ (1972) Coupled equilibrium heat and single adsorbate transfer in fluid

flow through a porous medium - I. Predictions for a silica-gel air drier using characteristic
charts. Chem Engn Sci 27:1143–1155

44. Aristov YI, Mezentsev IS, Mukhin VA (2004) Method for managing heat and moisture
exchange in ventilation system for domestic and office compartments as well as the unit for
realizing this method. RF Patent 2,277,205, 14 Dec 2004

45. Boyadijev C (2006) Diffusion models and scale-up. Int J Heat Mass Trans 49:796–799
46. Boyadjiev C, Doichinova M, Popova P, Aristov YI (2006) New approach to regenerate heat

and moisture in a ventilation system: modeling. Paper presented at 11th international
workshop on transport phenomena in two-phase flow, Bulgaria, Varna, 1–5 Sept 2006

47. Aristov YI, Mezentsev IS, Mukhin VA (2006) New approach to regenerating heat and
moisture in ventilation systems. 2. Prototype of real unit. J Engn Thermophys 79:151–157

4 VENTIREG—A New Approach to Regenerating Heat and Moisture … 107



Chapter 5
Exergetic Performance of the Desiccant
Heating, Ventilating,
and Air-Conditioning (DHVAC) System

Napoleon Enteria, Hiroshi Yoshino, Rie Takaki, Akashi Mochida,
Akira Satake and Ryuichiro Yoshie

Abstract The developed desiccant heating, ventilating and air-conditioning
(DHVAC) system was evaluated using the exergetic method under controlled
environmental conditions to determine the performances of the whole system and
its components. Percentage contributions of exergy destruction of system compo-
nents at different regeneration temperatures and reference temperatures were
determined. Exergy destruction coefficient of different components at different
regeneration and reference temperatures was presented. It was shown that exergetic
performances varied with respect to the regeneration and reference temperatures.
The exergetic performances based on thermal, electric, total exergy input, first
definition and second definition efficiencies were shown. Based on the results,
reference and regeneration temperatures affected the determination of the system
performances and its components. It was shown that air heating coil (AHC), air fans
and desiccant wheel (DW) contributed to large percentage of exergy destruction.
Hence, the mentioned components should be given attention for further improve-
ment in the system performances.

Keywords Desiccant dehumidification � Evaporative cooling � Air handling sys-
tem � Exergy analysis
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Nomenclatures

AHC/HC Air heating coil
Cp Specific heat, kJ kg−1 K−1

DEC/EC Direct evaporative cooler
DHVAC Desiccant heating, ventilating and air-conditioning
DW Desiccant wheel
DP Depletion number
E End
EA Exit air
EAF Exit air fan
HX [1] Primary heat exchanger (big)
HX [2] Secondary heat exchanger (small)
h Enthalpy, kJ kg−1

IE Electric current, A
Irr Irreversibility, kW
L, M, N Variables
ṁ Mass flow rate, kg s−1

OA Outdoor air
OAF Outdoor air fan
P Pressure, Pa
_Q Heat transfer rate, kW
_QX Input exergy in air heating coil, kW
R Gas constant, kJ kg−1 K−1

RA Return air
RegT Regeneration temperature
RT Reference temperature
Ṡ Entropy rate, kW K−1

S Start
SA Supply air
t Time, s
T Temperature, K
Ẇ Work rate, kW

Greek symbol

ε Efficiency
ψ Specific flow exergy, kJ kg−1

ω Humidity ratio, kgVapor kgAir
−1

⏀ Relative humidity, %
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Subscripts

a Air
Des Destruction
e Exit
EX Exergy
Gen Generation
HX Heat exchanger
i Inlet
l Liquid
ma Moist air
N Node
o Outlet
r Reference condition
Sys System
v Vapor
w Water

5.1 Introduction

Desiccant heating, ventilating and air-conditioning system (DHVAC) is one of the
most promising alternatives to the refrigerant-based air-conditioning system [2, 3].
The main advantage of the desiccant-based air-conditioning system is the natural air
dehumidification process called sorption process. The typical desiccant
air-conditioning system consists of the desiccant wheel (DW), heat wheel and direct
evaporative coolers (DECs) installed in the supply and return air (RA) streams [4–
7]. Fixed bed [8, 9] and rotating desiccant dehumidifier [6, 10] are the most
common desiccant dehumidifiers. However, rotating desiccant dehumidifier (des-
iccant wheel) is preferable for application due to its simplicity [2].

It is shown that determination of the exergetic performances of any thermal
energy system gives more detailed and level playing field in the analysis of the
system thermal performances [11]. In fact, there are several researches in the
exergetic analyses on renewable energy systems [12, 13], thermal energy systems
[14, 15], thermal system components [16], air handling systems [17–20] and
buildings [21]. Exergetic analyses for the desiccant-evaporative air-conditioning
system [22, 23], hybrid system [24, 25] and solar-desiccant air-conditioning system
are studied [26].

In the exergetic evaluation of the desiccant air-conditioning system, it is shown
that performances of the system components affected the system performance [27].
It is shown that higher regeneration temperature affected the system performance
[28]. Shen and Worek [29] show that there is an optimal regeneration temperature
in which the system performance is high. La et al. [23] show that there is trade-off
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between the regeneration temperature and the exergy of the supply air (SA) that
affects the system performance. This study presented the exergetic evaluation of the
developed DHVAC system at different regeneration temperatures using steady-state
conditions. The objective of the study is to determine the exergetic performances of
the developed system and its components for further improvement also to evaluate
the developed system performances in comparison with different desiccant-based
air-conditioning systems.

5.2 Experimentation

5.2.1 System Overview

5.2.1.1 System Description

The system consists of the DW, sensible heat exchangers and a DEC. Figure 5.1
shows the developed DHVAC system diagram. In Fig. 5.1, the air from state 1 to
state 3 is dehumidified by DW. The air from state 3 is pre-cooled by a sensible heat
exchanger (HX [1]) and split into two streams of air (states 4 and 4′). The air from
state 4′ is cooled by a DEC. The air of state 4 is sensibly cooled by smaller heat
exchanger (HX [2]) from state 4 to state 5. The air at state 5 becomes the SA. The
air at state 5 has the same humidity ratio as the processed air at state 3. The air at
state 6 is mixed with the RA (state 7) for the preheating of hot air shown at state 9.
The hot air at state 9 is heated by the air heating coil (AHC) to become the
regeneration air (state 10). The regeneration air at state 10 is used to remove the

Fig. 5.1 Schematic diagram of the developed DHVAC system
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moisture in the DW. The air at state 11 has higher humidity ratio due to regener-
ation process in the DW. The air at state 11 is exhausted by fan (EAF) to state 12.

5.2.1.2 Components Description

The system uses a honeycomb silica-gel-coated DW with 0.4 m diameter and 0.2 m
thickness. The surface areas for air dehumidification side and wheel regeneration
side are equal. The installed heat exchangers are cross-flow heat exchanges (si-
nusoidal flutes). The heat exchangers are made of paper coated with wax to avoid
the transfer of moisture. The big heat exchanger (HX [1]) has dimensions of height
0.4 m, width 0.3 m and length 0.3 m. The smaller heat exchanger (HX [2]) has
dimensions of height 0.4 m, width 0.15 m, and length 0.15 m. The DEC is a
gravity flowing film type made of corrugated paper.

5.2.1.3 System Operation

The system operation is carried on using a controlled chamber (Chamber OA; See
Fig. 5.1). The control of the RA conditions (T and x) is done by means of controlled
chamber RA. The measurements of the air flow rates (outdoor air (OA), SA, RA
and exit air) are determined by means of the orifices in the air duct with pressure
difference sensors and temperature sensors. The control of air flow rates (OA, SA,
RA and exit air) is done by the air dampers attached to the air ducts. The monitoring
and control of the DW rotational speed are through the use of rotational laser sensor
attached to the wheel belt. The control of the DEC is done by means of the relative
humidity sensor attached at the downstream side (state 5′) through closed-loop
control system. The control, monitoring and data gathering of the experimentation
are made by means of the sensors attached to the experimental test rig of the
desiccant-evaporative cooling system and connected to the personal computer
through data logger.

5.2.2 Experimental Setup

5.2.2.1 Assembly

The total experimental setup has two controlled chambers (OA and RA) to control
the condition of the air (temperature and humidity) as mentioned above
(Sect. 5.2.1.3). Between the two controlled chambers, a working chamber in which
the desiccant-evaporative cooling system is located with air ducts is connected (See
Fig. 5.1). The air temperatures in the controlled chambers are controlled by the
electric heater and air cooler using the heat pump. The heat pump serves also as the
dehumidifier for the air, in case air dehumidification is needed. The humidification
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process of the air is done through spray-type air humidifier. The operation of the
two controlled chambers is meanly accomplished by passing the raw OA to the
dehumidifier and cooler/heater device. In case low humidity is needed, dehumidi-
fication process operates. However, if the air becomes cool due to dehumidification
process, electric heater operates to increase the temperature. In case when higher
humidity of air is needed, the raw outside air passes the humidifier. The mixing
chamber is installed after the air processing devices to control and homogenize the
air prior to supplying it to the working chamber.

5.2.2.2 Instrumentations

All the attached sensors in the developed DHVAC system are evaluated and cali-
brated in the controlled box prior to their installation. The evaluated and calibrated
sensors in the box are the dew point temperature sensors and the thermocouple
temperature sensors. Based on the calibration, all the reading is within the specified
value given by the manufacturers. Figure 5.1 shows the location and type of the
sensors attached to the system. The measurement of the air humidity ratio is done
by means of the dew point temperature sensors (±0.5 °C) and dry bulb temperature
sensors (fabricated thermocouples). The fabricated thermocouples are from
Japanese Industrial Standards (JIS) VT3, O 0.32 mm (±0.5 °C). Proper installa-
tions of dew point temperature and thermocouple probes are observed based on our
previous experiences [30]. The measurement of the DW rotation is taken by the
installed rotational laser sensor attached to the wheel belt. The measurement of air
flow rates is taken using the installed orifices with digital pressure difference sen-
sors (±3 Pa). The sensors attached to the DHVAC system are connected to the data
logger. The data logger is then connected to the personal computer. In this mea-
surement, the data gathering is made in every 30 s.

5.2.2.3 Cases

In the experimentation, the air conditions for the OA (Point 1) are set at value of
30 °C dry bulb temperature (2% accuracy) and 60% relative humidity (10%
accuracy) (16.1 g kg−1). This is the standard summer testing condition in Japan.
The RA is set at value of 26 °C dry bulb temperature (1% accuracy) and 55%
relative humidity (1% accuracy) (11.6 g kg−1). This is the standard indoor air
condition in Japan. The volumetric flow rates for the OA and exit air (EA) are set at
200 m3 h−1. The volumetric flow rates for the RA and SA are set 100 m3 h−1. The
evaporative water inlet temperature is measured at 21.6 °C average and controlled
by water heater to mimic the temperature of supply water pipe. The system is
evaluated using the four different regeneration temperatures that can be supported
by solar energy or low-temperature thermal energy source from waste heat. The
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regeneration temperatures used in the experimentation are 60, 65, 70 and 75 °C.
Figure 5.2 shows the actual states of air inside the DHVAC system. Table 5.1
shows the measured air flow rates for the different regeneration temperatures pre-
sented in Fig. 5.2. Table 5.2 shows the values for the specific enthalpy, specific
exergy and specific entropy for the different states inside the system for four cases
of regeneration temperatures with reference states of 25 °C and 15 g kg−1.

Hu
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)

Fig. 5.2 States of air inside the developed DHVAC system in the psychrometric chart for
different regeneration temperatures (RT)

Table 5.1 Measured air flow rates for different regeneration temperatures (RT) during the
experimental evaluation of the developed DHVAC system

Regeneration
temperature (°C)

OA EA SA RA

m3 h−1 kg s−1 m3 h−1 kg s−1 m3

h−1
kg s−1 m3

h−1
kg s−1

60 201.18 0.0650 205.57 0.0646 94.31 0.0310 92.78 0.0306

65 201.32 0.0650 206.55 0.0646 94.30 0.0310 92.59 0.0305

70 200.65 0.0648 207.01 0.0645 94.27 0.0309 92.71 0.0305

75 200.33 0.0647 207.95 0.0645 94.38 0.0309 92.64 0.0305
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5.3 Thermodynamic Analysis

5.3.1 General Formulation

The evaluation of the DHVAC system is based on the governing concept of the
laws of thermodynamics. The general formulations for exergy analyses of the
thermal system are presented in Eqs. (5.1–5.12) and applied in the DHVAC system
of thermodynamic model shown in Fig. 5.1. In these formulations, the reference
states are the Tr, ⏀r, ωr, Pr.

The general mass rate balance for the open system is

XN
j¼1

_mj;I �
XM
i¼1

_mi;O ¼ dmSys

dt
ð5:1Þ

The general energy rate balance for the open system is

XN
j¼1

_Qj;I þ
XN
i¼1

_mjhj
� �

I ¼
XM
i¼1

_Wi;O þ
XM
i¼1

_mihið ÞO ð5:2Þ

The general exergy rate balance for the open system is

XN
j¼1

1� Tr
TK;j

� �� �
_QK;j þ

XN
j¼1

_mjwj

� �
I
¼
XM
i¼1

_Wi;O �
XM
i¼1

_miwið ÞO ð5:3Þ

The general entropy generation rate for the open system is

_SGen ¼
XN
i¼1

_misið ÞO �
XM
j¼1

_mjsj
� �

I �
XL
k¼1

QS;k

TS;k

� �
ð5:4Þ

The general exergy rate of destruction or the rate of irreversibility is

_EX;Dest ¼ Irr ¼ Tr _SGen ¼
XN
j¼1

_Ex;j
� �

I �
XM
i¼1

_Ex;i
� �

O ð5:5Þ

The general exergetic efficiency for the open system is

eX ¼
PM

i¼1
_Wi;O þ PM

i¼1 _miwið ÞO
� 	

PN
j¼1 1� Tr

TK;j


 �h i
_QK;j þ

PN
j¼1 _mjwj

� �
I

D E ¼
PM

i¼1
_Ex;i
� �

OPN
j¼1

_Ex;j
� �

I

ð5:6Þ
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The relative destruction (RD) of exergy for the open system is presented as

RD ¼
_EX;Dest
� �

tPC
t¼1

_EX;Dest
� 100 ð5:7Þ

The Van Gool’s improvement potential (IP) for the open system is presented as
[12]

IP ¼ 1� eXð Þ �
XN
j¼1

_Ex;j
� �

I �
XM
i¼1

_Ex;i
� �

O

 !
ð5:8Þ

The Van Gool’s IP is the maximum possible IP that could be done for any
processes through minimization of the exergy destruction or the difference between
the inlet exergy and outlet exergy.

The sustainability index (SI) for the open system can be expressed as [31]

SI ¼
PN

j¼1
_Ex;j
� �

IPN
j¼1

_Ex;j
� �

I �
PM

i¼1
_Ex;i
� �

O

¼ 1
1� eX

¼ 1
DP

¼
PN

j¼1
_Ex;j
� �

IPC
t¼1

_EX;Dest
ð5:9Þ

The SI is an inverse of the depletion number (Dp), which is the relationship
between the exergy destruction of the exergy input. When the exergy destruction
decreases even with the same exergy input due to the increase in the efficiency, the
SI increases. It means that less fuel is consumed particularly when using conven-
tional sources.

The specific flow exergy is

w ¼ h� hrð Þ � Tr s� srð Þ ð5:10Þ

The specific exergy of incompressible substance such as water is [19]

ww ¼ CP;w Tw � Trð Þ � TrCP;w ln
Tw
Tr

� �
� RvTr lnur ð5:11Þ

ur is the equivalent relative humidity at reference temperature (Tr) and humidity
ratio (xr). The specific exergy of moist air is [12]

wma ¼ Cp;g þxCp;v
� �

Tr
Tma

Tr

� �
� 1� ln

Tma

Tr

� �� �� 
þ 1þ 1:607xð ÞTr ln Pma

Pr

� �� �

þRgTr 1þ 1:607xð Þ ln 1þ 1:607wrð Þ
1þ 1:7607xð Þ

� �
þ 1:607 ln

x
xr

� �� 
ð5:12Þ
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5.3.2 System Analysis

5.3.2.1 Desiccant Wheel (DW) Exergy Efficiency

eXð ÞDW¼
_mOA w3 � w2ð Þ½ �

E
:

E


 �
DW

þ _mEA w10 � w11ð Þ½ �
D E ð5:13Þ

5.3.2.2 Sensible Heat Exchanger (HX [1]/HX [2]) Exergy Efficiency

eXð ÞHX 1ð Þ¼
_mEA w9 � w8ð Þ½ �

_mOA w3 � w40 þw4ð Þ
2

h in oD E ð5:14Þ

eXð ÞHX 2ð Þ¼
_mOA � _mSAð Þ w6 � w50ð Þ½ �

_mSA w4 � w5ð Þ½ � ð5:15Þ

5.3.2.3 Direct Evaporative Cooler (DEC) Exergy Efficiency

eXð ÞEC¼
_mOA � _mSAð Þw50½ �

_mWwW½ � þ _mOA � _mSAð Þw40½ �h i ð5:16Þ

5.3.2.4 Air Heating Coil (AHC) Exergy Efficiency

eXð ÞAH¼
_mEA w10 � w9ð Þ½ �
_mL wT � wSð Þ½ � ð5:17Þ

5.3.2.5 Air Fan (OAF and EAF) Exergy Efficiency

eXð ÞF OAFð Þ¼
_mF OAFð Þ w2 � w1ð Þ� 	

E
:

E


 �
F OAFð Þ

ð5:18Þ
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eXð ÞF EAFð Þ¼
_mF EAFð Þ w12 � w11ð Þ� 	

E
:

E


 �
F EAFð Þ

ð5:19Þ

5.3.2.6 System Exergetic Performances

Electric exergetic coefficient of performance (EEXCOP):

eXð ÞSys
h i

Electric
¼ _mSA w1 � w5ð Þ½ �

E
:

E


 �
DW

þ EE
:
 �

F OAFð Þ
þ EE

:
 �
F EAFð Þ

�  ð5:20Þ

Thermal exergetic coefficient of performance (TEXCOP):

eXð ÞSys
h i

Thermal
¼ _mSA w1 � w5ð Þ½ �

_QX
ð5:21Þ

Total exergetic coefficient of performance (SEXCOP):

eXð ÞSys
h i

Total
¼ _mSA w1 � w5ð Þ½ �

_QX þ E
:

E


 �
DW

þ E
:

E


 �
F OAFð Þ

þ E
:
 �

F EAFð Þ
þ _mWwWð Þ

�  ð5:22Þ

The calculation of thermal exergy delivered to the air heating coil (HC) is based on

Q
:

X ¼ _mFCp TI � TOð Þ � Tr ln
TI
TO

� �� �
ð5:23Þ

5.3.2.7 System Exergetic Efficiencies

The actual thermal coefficient of performance is simply the ratio of the cooling
produced to the thermal energy supplied as

COPA ¼ _mSA h1 � h5ð Þ
_mEA h10 � h9ð Þ ð5:24Þ

The Carnot coefficient of performance for any heat-driven air-conditioning
system is shown based on the diagram shown in Fig. 5.1.
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COPC ¼ 1� T1
T10

� �
T7

T1 � T7

� �
ð5:25Þ

The COPC is the highest potential of the coefficient of performance for any
heat-driven air-conditioning system, which is mostly applied in closed cycles.

The proposed reversible Carnot coefficient of performance for the open-cycle
desiccant air-conditioning system is expressed as [27]

COPRev ¼ 1� Tc
Ts

� �
Te

Tc � Te

� �
ð5:26Þ

where Ts, Te and Tc are equivalent temperatures for the heat source, evaporator and
condenser and are expressed based on Fig. 5.1

Ts ¼ h9 � h10
s9 � s10

ð5:27Þ

Te ¼
_mSAh5 � _mRAh7 þ _mW 5!7ð Þhw
_mSAs5 � _mRAs7 þ _mW 5!7ð Þsw

ð5:28Þ

Tc ¼
_mOAh1 � _mEAh12 � _mw 5!7ð Þ þmw 40!50ð Þ

� �
hw

_mOAs1 � _mEAs12 � _mw 5!7ð Þ þmw 40!50ð Þ
� �

sw
ð5:29Þ

The exergy efficiency can be expressed as the ratio of the actual coefficient of
performance for the thermal-driven air-conditioning system to the reversible coef-
ficient of performance [32]. It is called as the exergy efficiency in the first definition
here.

eXð Þ1¼
COPA
COPRev

ð5:30Þ

For comparison purposes with different studies in thermal-driven air-conditioning
systems, the exergy efficiency is expressed based on the ratio of the cooling produced
to the thermal exergy supplied as (exergy efficiency in the second definition) [32].

eXð Þ2¼
_mSA w1 � w5ð Þ
_mEA w10 � w9ð Þ ð5:31Þ
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Fig. 5.3 Percentage contribution of exergy destruction for the developed DHVAC system
components at different regeneration temperatures (RegT) and reference temperatures (RT): a 0 °C
RT; b 5 °C RT; c 10 °C RT; d 15 °C RT; e 20 °C RT; f 25 °C RT, and; g 30 °C RT
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5.4 Results and Discussion

5.4.1 Exergy Destruction Contribution

Figure 5.3 shows the exergy destruction contribution of the developed DHVAC
system at different regeneration temperatures and reference temperatures. The air
heating coil (AHC) is contributed to high percentage of the total exergy destruction:
the same trend for exergy destruction for the case of Hurdogan et al. [25], which
shows that system thermal source and air fans are the main contributors. The
destruction contribution is followed by the outdoor air fan (OAF) and then by the
DW. As the regeneration temperature increases, the contribution of the AHC to
exergy destruction increases. Kodama et al. [28] show that heat source and DW are
major sources of exergy destruction (air fans are not considered in their analysis).
The exergy destruction contribution of the DW increases as the regeneration tem-
perature increases. The trend for the exergy destruction contributions for the heat
exchangers (HX1 and HX2) and direct evaporative cooler (EC) increases as the
regeneration temperature increases due to the increase in the components irre-
versibility. Furthermore, based on the different reference temperatures, it shows the
increase in the AHC exergy destruction contribution.

5.4.2 Exergy Destruction Coefficient

Figure 5.4 shows the exergy destruction coefficient for different components of the
developed DHVAC system at different regeneration temperatures and reference
temperatures. The trend of the exergy destruction coefficient is the same as the
exergy destruction contribution presented in Fig. 5.3. The HC has the largest
exergy destruction coefficient followed by the OAF and DW. The exergy
destruction in the AHC could be lowered by increasing the efficiency of the AHC.
La et al. [23] show also that heat source has the largest exergy destruction coeffi-
cient. It also shows that when the regeneration temperature increases, the exergy
destruction coefficient for the AHC increases due to the increase in heat transfer
irreversibility. It is the same for the cases of DW and heat exchangers (HX1 and
HX2) and evaporative cooler (EC). On the other hand, when the reference tem-
perature increases, the exergy destruction coefficient for HC increases.

5.4.3 System Performances

Figure 5.5a shows the thermal exergetic coefficient of performance of the system.
The thermal exergetic coefficient of performance (TEXCOP) is varied with the
reference temperature, and from 0 to 22 °C, the thermal exergetic performance of
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Fig. 5.4 Exergy destruction coefficient for the developed DHVAC system components at
different regeneration temperatures (RegT) and reference temperatures (RT): a 0 °C RT; b 5 °C
RT; c 10 °C RT; d 15 °C RT; e 20 °C RT; f 25 °C RT, and; g 30 °C RT
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the system decreases, after which the performance increases. However, based on the
different regeneration temperatures, from 0 to 22 °C, the thermal exergetic per-
formance of the system decreases as the regeneration temperature increases and
suddenly changed from 22 to 30 °C. On the other hand, for the electric exergetic
performance presented in Fig. 5.5b, the trend of the electric exergetic coefficient of
performance (EEXCOP) is the same as the thermal exergetic coefficient of perfor-
mance shown in Fig. 5.5a in terms of reference temperatures. It means that
increasing the regeneration temperature also affects the electric consumption of the
system due to the increase in system internal frictional losses which resulted in the
decrease in the EEXCOP. On the other hand, the increase in the regeneration
temperature results in higher increase in the system thermal exergy destruction due
to components irreversibility and results in the decrease in the TEXCOP as

Fig. 5.5 Performances of the developed DHVAC system at different regeneration temperatures
(RegT) and reference temperatures (RT): a thermal exergetic COP with respect to different
reference temperatures (RT) and regeneration temperatures (RegT); b electric exergetic COP with
respect to different reference temperatures (RT) and regeneration temperatures (RegT); c system
exergetic COP with respect to different reference temperatures (RT) and regeneration temperatures
(RegT); and d sustainability index with respect to different reference temperatures (RT) and
regeneration temperatures (RegT)
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explained in the different components. Figure 5.5c shows the overall system
exergetic coefficient of performance (SEXCOP). It shows the same trend based on
regeneration temperature and reference temperatures. Based on the analysis of each
of the three exergetic coefficient of performances (TEXCOP, EEXCOP and
SEXCOP), the system performance decreases as the regeneration temperature
increases. Furthermore, there is a sudden decrease in the performance from 60 to
65 °C and 70 to 75 °C. Based on Fig. 5.2, the dehumidification and cooling of SA
(Point 5) are almost the same for regeneration temperatures of 65 and 70 °C. The SI
shows that as the regeneration temperature increases, the SI decreases from 0 to
22 °C and changed from 22 to 30 °C (Fig. 5.5d). The SI is related to exergy
efficiency as shown in Eq. (5.9). Hence, from Fig. 5.5c, the overall system exergy
efficiency varies as the dead state temperature changes. This is the same trend for
the case of the evaporative cooler shown by Caliskan et al. [33].

Figure 5.6a shows the reversible coefficient of performance (COPRev). It shows
that the COPRev has nothing to do with the reference temperature. As presented, the
COPRev suddenly increases from 60 °C regeneration temperature to 65 °C. The
COPRev then reduces at 70 °C and increases a little at 75 °C. This trend of COPRev
is due to the system dehumidification performance shown in Fig. 5.2. As shown in
Fig. 5.2, there is a large increase in the system dehumidification performance from
60 to 65 °C, which resulted in higher increase in COPRev, and then from 65 to 70 °
C, the dehumidification performance is not large even with this same increase in
regeneration temperature of 5 °C. In addition, from 70 to 75 °C, the increase is not
as large as from 60 to 65 °C; this resulted in lower increase in COPRev. This trend
has little increase in the dehumidification performance of the DW, resulting from
the heating of the desiccant material in the dehumidification side due to the heat
carry over from the regeneration side to dehumidification side of the DW as
observed from our previous studies [30]. The present system has higher COPRev of
4.20 at regeneration temperature of 65 °C. Lavan et al. [27] got 4.66, while
Kanoglu et al. [34] got a COPRev of 2.63 for double wheel + double evaporative
coolers of DHVAC system.

Figure 5.6b shows that the actual coefficient of performance (COPA) is higher at
regeneration temperature of 60 °C and suddenly decreases as the regeneration
increases to 75 °C. This trend of decreasing COPA as the regeneration temperature
increases is due to the non-proportional increase in the system cooling capability as
the regeneration energy supported to the system increases as the regeneration
temperature increases. As the regeneration temperature increases, the heat carry
over from the regeneration side of the DW to its dehumidification side increases
[30]. The increase in the DW temperature in the dehumidification side hampered the
adsorption capacity as the sorption process is the difference of the water vapor
pressure between the air and the desiccant surface. Also, the increase in the
regeneration temperature increases the exergy of the SA. As shown in Fig. 5.2, the
increase in the air temperature after the DW (state 3) is almost linear compared to
the increase in the dehumidification capability as the regeneration temperature
increases. Kodama et al. [28] show the same trend of result.
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Figure 5.6c shows the Carnot coefficient of performance (COPC), which presents
the increasing trend as the regeneration temperature increases. The increasing trend
of the COPC is due to the increase in the regeneration temperature (T10). In addition,
as shown in this research, the return temperature (T7) and the outdoor temperature

Fig. 5.6 Performances of the developed DHVAC system at different regeneration temperatures
(RegT) and reference temperatures (RT): a reversible Carnot coefficient of performance (COP)Rev
with respect to different reference temperatures (RT) and regeneration temperatures (RegT);
b actual coefficient of performance (COP)Act with respect to different reference temperatures
(RT) and regeneration temperatures (RegT); c Carnot coefficient of performance (COP)C with
respect to different reference temperatures (RT) and regeneration temperatures (RegT); d Exergetic
efficiency I (First Definition); and e Exergetic efficiency II (second definition)

5 Exergetic Performance of the Desiccant Heating, Ventilating … 127



(T7) are held constant. These values of the COPC are the possible Carnot coefficient
of performance of the heat-driven cooling system at closed-cycle equivalent.
However, open-cycle DHVAC system is not only for the temperature control but
also for the humidity control. Therefore, the actual and the reversible coefficients of
performances (COPA and COPRev) are different as explained in the above discus-
sions for the COPA and COPRev. For comparison purposes, Kanoglu et al. [34]
presented a COPC of 8.74 based on ARI conditions. In this paper, the COPC at 75 °
C is 11.65.

Figure 5.6d shows the exergetic efficiency of first definition (exergetic efficiency
I), which shows the decreasing trend as the regeneration temperature increases. The
lowest value can be seen in the regeneration temperature of 70 °C, which has also a
lower value of COPRev. It shows that at 60 °C, the exergetic efficiency I is 52.77%,
while the lowest is 9.61% at 60 °C. Figure 5.6e shows the decreasing trend of the
exergetic efficiency of the second definition (exergetic efficiency II). The negative
value of the second definition is due to the increase in the SA exergy upon increase
in the reference temperature. The exergetic efficiency of second definition decreases
as the regeneration temperature increases due to the smaller increase in the cooling
exergy capability of the system even with the increasing regeneration exergy supply
to the system. This explanation is the same to the actual coefficient of performance
(COPA). Moreover, the exergetic coefficient of performance of second definition
decreases as the reference temperature increases. It means that at higher tempera-
ture, the system exergetic performance of second definition is not as efficient as in
lower reference temperature due to the reduction in the system cooling exergy
produced. Hence, it is expensive and inefficient to operate the system at higher OA
temperature than at lower OA temperature.

5.5 Conclusions

This paper showed the exergy evaluation of the developed DHVAC system. The
developed system was evaluated based on different regeneration temperatures and
reference temperatures in which the system will be subjected to its actual operation.

• AHC, OAF and then DW contributed to high percentage of the total exergy
destruction.

• Based on the analysis of each of the three exergetic coefficient of performances
(TEXCOP, EEXCOP and SEXCOP), the system performance decreases as the
regeneration temperature increases.

• The SI shows that as the regeneration temperature increases, the SI decreases
from 0 to 22 °C and changed from 22 to 30 °C (Fig. 5.5d).

• The COPRev suddenly increases from 60 °C regeneration temperature to 65 °C.
The COPRev then reduces at 70 °C and then increases a little at 75 °C. The trend
of COPRev is due to the system dehumidification performance shown in Fig. 5.2.
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• The actual coefficient of performance (COPA) is higher at regeneration tem-
perature of 60 °C and decreases as the regeneration temperature increases to
75 °C. This trend of decreasing COPA as the regeneration temperature increases
is due to the not proportional increase in the system cooling capability as the
regeneration energy supported to the system increases as the regeneration
temperature increases.

• The increasing trend of the COPC as the regeneration temperature increases is
due to the increase in the regeneration temperature (T10). In addition, as shown
in this research, the return temperature (T7) and the outdoor temperature (T7) are
held constant.

• The exergetic efficiency offirst definition (exergetic efficiency I) shows the decreasing
trend as the regeneration temperature increases. The lowest value can be seen in the
regeneration temperature of 70 °C, which has also a lower value of COPRev.

• The exergetic efficiency of second definition decreases as the regeneration
temperature increases due to the little increase in the cooling exergy capability
of the system even with the increasing regeneration exergy supply to the system.

The exergetic evaluation is valuable in the evaluation of the DHVAC system we
developed. It shows which components with large destruction of exergy that
resulted in lowering of the system exergy efficiencies. AHC, air fans (OAF and
EAF) and DW contributed to large percentage of system exergy destruction,
resulting in large impact of the reduction in the system performance. Hence, it is
important to consider the components with high exergy destruction such as the
AHC, air fans and DW for improvement.

It was shown that the system presented in this paper which has one evaporative
cooler and two sensible heat exchangers could have better performance compared to the
typical double wheels and double evaporative coolers. For comparison purposes, the
exergetic efficiency of the liquid DHVAC system is still high (6.8%, the lowest, for the
basic system) [34, 35]; however, handling of the liquid desiccant is more complex than
solid desiccant. In the case of the solid desiccant, multi-staging will increase the
exergetic efficiency from8.2 to 18.0% [22, 23]. However,multi-staging andmaking the
air flow complex increase the fan power consumption that will affect the system per-
formance when fan exergy input is considered for our case. With respect to the
closed-cycle water–LiBr desiccant system, the open system has comparable COPA at
lower regeneration temperature to half-effect and single-effect water–LiBr desiccant
system shown by Gebreslassie et al. [36] and Kaushik and Arora [37]. For example, in
this paper, the COPA is 0.42 at 60 °C, while the water–LiBr desiccant system of half
effect has 0.458 [36].However,when converting the closed-cyclewater–LiBr system to
cool and dehumidify the air, it is expected that the COPA will be lower. With respect to
the closed-cycle, solid desiccant system, the COPA is lower but could operate at much
lower regeneration temperature. For example, at 60 °C temperature, it could have a
COP of less than 0.2 [38], which is less than the open-cycle counterpart. Askalany et al.
[39] presented some pairs of solid desiccant and refrigerant, which could have higher
COP. Hence, application of different types of desiccant-based air-conditioning system
depends on the need and specific target.Wang et al. [40] presented important guidelines
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of the desiccant-based air-conditioning system. For the case of open-cycle DHVAC
system, it offers some advantages for chemical and biological treatments of the SA to
the indoor environment [2]. Further investigation through exergoeconomic and exer-
goenvironmental analyses had been done to deepen the evaluation of the developed
DHVAC system [41, 42].
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Chapter 6
Heat and Mass Transfer Performance
Evaluation and Advanced Liquid
Desiccant Air-Conditioning Systems

Yonggao Yin, Tingting Chen and Xiaosong Zhang

Abstract In recent years, liquid desiccant air-conditioning systems have attracted
much attention for its prominent potential of energy saving. In such systems,
dehumidifiers/regenerators are the core components where heat and mass transfer
occurs. The heat and mass transfer coefficients determine the accuracy of mathe-
matical model which were used to design the dehumidifiers/regenerators. So, in this
paper, the methods to obtain heat and mass transfer coefficients are evaluated
theoretically. In order to enhance the mass transfer process, the internally
cooled/heated dehumidifier/regenerator is designed and investigated experimentally
and theoretically. Further, several advanced liquid desiccant air-conditioning sys-
tems are also introduced. Results show that the proposed equivalent integral mean
method has high accuracy in calculating the coupled heat and mass transfer coef-
ficients. Unlike Lewis number which was often assumed as one for describing heat
and mass transfer between air and water, the defined Le factor may deviate
appreciably from one in the heat and mass transfer process between air and liquid
desiccant. The internally heated regenerators help to develop zero-carryover gas–
liquid contactors because of much higher performance than adiabatic regenerators
under low solution flow rate. It also helps to reduce energy consumption because of
the high regeneration thermal efficiency, which indicates that the internally heated
regenerators are promising and deserve much more renovation and application.

Keywords Liquid desiccant � Heat and mass transfer coefficient � Le factor �
Internally cooled/heated � Regeneration thermal efficiency � Hybrid air-conditioning
List of Symbols

A Mass transfer area, m2

Cps Specific heat capacity of solution, kJ/kg °C
Cpa Specific heat capacity of humid air, kJ/kg °C
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Cpw Specific heat capacity of water, kJ/kg °C
H Height along solution flow direction, m
ha Enthalpy of humid air, kJ/kg
he Enthalpy of air in equilibrium with solution, kJ/kg
hd Mass transfer coefficient, kg/m2 s
hc Heat transfer coefficient between air and solution, kW/m2 °C
hcw Heat transfer coefficient between water and solution, kW/m2 °C
hs Enthalpy of liquid desiccant, kJ/kg
Ga Air flow rate, m3/s
Ma Air mass flow rate, kg/s
Ms Solution mass flow rate, kg/s
Mw Water mass flow rate, kg/s
Mr Moisture evaporation rate, g/s
kd Mass transfer coefficient, m/s
r Vaporization heat of water, kJ/kg
r0 Vaporization heat of water at 0 °C, kJ/kg
ta Air temperature, °C
ts Solution temperature, °C
tw Water temperature, °C
va Air velocity, m/s
wa Air humidity ratio, g/kg
we Air humidity ratio in equilibrium with solution, g/kg
Xs Concentration in salt
i Inlet
o Outlet

6.1 Scientific Evaluation of the Coupled Heat and Mass
Transfer Coefficients Based on Experimental Data

This part aims to set a foundation to design dehumidifiers/regenerators. Firstly, as a
basis for design, mathematical models for heat and mass transfer between air and
liquid desiccants are introduced. In commonly used mathematical models, heat and
mass transfer coefficients are critical to determine the prediction accuracy. So,
secondly, different calculation methods of heat and mass transfer coefficients are
provided and compared. Lastly, combining with experimental data and the math-
ematical model, heat and mass transfer coefficients are presented to give guidance
and reference to relevant engineers and designers.
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6.1.1 Mathematical Model for Heat and Mass Transfer
Between Air and Liquid Desiccant

Generally three kinds of models have been widely used to describe the heat and
mass transfer process between air and liquid desiccants. The complex differential
equation model [1] is usually used in laminar flow where mass, energy and
momentum conservation are applied. Thus, much computational effort must be
consumed to obtain concentration, temperature and velocity profiles. On the con-
trary, the effectiveness model [2, 3] is simplest and with low computational cost.
But only outlet parameters can be obtained using the effectiveness model. The
profiles in dehumidifiers/regenerators are not available. Another disadvantage is the
low accuracy compared with other models. The finite difference model arouses
much more attention due to suitable accuracy and computational cost. NTU-Le
model is a finite difference model and has been used by many investigators [3–5]. In
this chapter, NTU-Le model is employed so it is simply introduced here.

In the NTU-Le model, assumptions are made as follows: (1) The desiccant
solution can wet the packing material or falling film plates completely; (2) the liquid
side resistance is ignored because of very thin film thickness; (3) physical param-
eters in the control volume are uniform; and (4) diffusion and conduction along the
flow direction is ignored. Taking parallel flow as an example, according to mass
and energy conversion in the control volume shown in Fig. 6.1, the following
equations are obtained, respectively:

Madwa þ dMs ¼ 0 ð6:1Þ

d MsXsð Þ ¼ 0 ð6:2Þ

Madha þ dðMshsÞ ¼ 0 ð6:3Þ

Fig. 6.1 Control volume of
parallel flow
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where

ha ¼ Cpata þ r0 ð6:4Þ

hs ¼ Cpsts ð6:5Þ

In addition, the mass and energy transfer between the air and liquid desiccant can
be expressed by:

Madwa ¼ hd we � wað ÞdA ð6:6Þ

Madha ¼ hdr we � wað ÞdAþ hc ts � tað ÞdA ð6:7Þ

Substitute Eq. (6.4) into Eq. (6.7), the following equation can be obtained:

Madta ¼ hdLe ts � tað ÞdA ð6:8Þ

where Le factor relates heat transfer with mass transfer and can be written as

Le ¼ hc
Cpahd

ð6:9Þ

Sometimes, for convenience, hd is replaced by dimensionless number, NTU,
which is defined as:

NTU ¼ hdA
Ma

ð6:10Þ

From equations above, there are five variables (Ms, ts, Xs, ta, wa) and five dif-
ferential equations totally. With the boundary conditions of inlet parameters
(Msi, tsi, Xsi, tai, wai) and heat and mass transfer coefficients, the outlet parameters
(Mso, tso, Xso, tao, wao) can be calculated. The temperature and humidity distribution
in the dehumidifier/regenerator can also be achieved.

6.1.2 Methods to Calculate Heat and Mass Transfer
Coefficients

As mentioned before, the magnitude of heat and mass transfer coefficients domi-
nates in prediction accuracy. This has significant effects on the design of gas–liquid
contactors. Taking the design of packed tower as an example, with the target
moisture removal/evaporation rate, the packing size is decided by the coupled heat
and mass transfer coefficients when the thermal and flow conditions are given. On
the one hand, if the coupled heat and mass transfer coefficients in the mathematical
model are set higher than the real value, the designed packing size will be larger,
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causing higher initial cost as well as bigger occupied space. On the other hand, if
the coupled heat and mass transfer coefficients are set lower than the real value, the
designed packing size will be smaller, resulting in failing to meet the demand of
dehumidification/regeneration. This implies that the heat and mass transfer coeffi-
cients are the key parameters affecting economy, flexibility and availability.

So far, mainly three methods are applied to obtain heat or mass transfer coef-
ficient in the open literature. The first is arithmetic mean method [6, 7] in which the
mass transfer coefficient (hd) is calculated by the following equation:

hd ¼ Ma wai � waoð Þ
A wav � weið Þ ð6:11Þ

where

wav ¼ wai þwao

2
ð6:12Þ

In the arithmetic mean method, only the inlet and outlet air humidity ratios are
used. This corresponds to the linear distribution of humidity ratio in
dehumidifiers/regenerators, which is apparently inconsistent with the real condition.
The second method is logarithmic mean method [3, 8]. In the pure sensible heat
transfer process, since the temperature difference between the wall and fluid is
linear to the temperature change of the fluid within a control volume, heat transfer
coefficient can be achieved with high accuracy by logarithmic mean temperature
difference method. The formula for parallel flow is as follows:

hc ¼ MaCpa tai � waoð Þ
ADta

ð6:13Þ

where

Dta ¼ tai � tsið Þ � tao � tsoð Þ
ln tai � tsið Þ= tao � tsoð Þ½ � ð6:14Þ

Further, logarithmic mean humidity difference method is used to calculate mass
transfer coefficient by analogy with the sensible heat transfer. In this method, mass
transfer coefficient for parallel flow is:

hd ¼ Ma wai � waoð Þ
ADwa

ð6:15Þ

where

Dwa ¼ wai � weið Þ � wao � weoð Þ
ln wai � weið Þ= wao � weoð Þ½ � ð6:16Þ
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In addition, based on the assumption that Le factor (Le) equals one, logarithmic
mean enthalpy difference method defines mass transfer coefficient in parallel flow
as:

hd ¼ Ma hai � haoð Þ
ADha

ð6:17Þ

where

Dha ¼ hai � heið Þ � hao � heoð Þ
ln hai � heið Þ= hao � heoð Þ½ � ð6:18Þ

The third method is integral mean method, where the temperature and humidity
distribution in dehumidifiers/regenerators must be known and the expressions of
coupled heat and mass transfer coefficients are defined as follows:

hd ¼ Maðwai � waoÞH
A
RH
0 wax � wexð Þdx

ð6:19Þ

hc ¼ MaCpaðtai � taoÞH
A
RH
0 tax � tsxð Þdx

ð6:20Þ

Considering the accuracy level and application range, in the following passage,
only logarithmic mean method (temperature and humidity difference) and integral
mean method are analyzed and compared.

6.1.3 Conventional Logarithmic Mean Method Versus
the Method Considering Local Distribution

6.1.3.1 Calculation Procedures

The integral mean method is perfectly accurate but in fact it is difficult to obtain the
real temperature and humidity distribution by measurement. This makes the integral
method unavailable. Yin and Zhang [4] proposed a method to solve the problem.
The temperature and humidity distribution was obtained by mathematical model
combined with experimental data. Simultaneously, the coupled heat and mass
transfer coefficients were calculated by Newton secant method. The results can be
regarded as that from the integral mean method. So, in the next passage, the method
presented by Yin et al. is called equivalent integral mean method. Formulas of the
logarithmic mean method have been described in detail. In this part, we focus on
the equivalent integral mean method. The equivalent method is on the basis of
NTU-Le model elaborated in Sect. 6.1.2.
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Figure 6.2 shows the air outlet humidity ratio variation under different hd and Le
with the constant inlet parameters. In the figure, hd is replaced by the dimensionless
quantity of NTU.

It seems that the air outlet humidity ratio shows weak sensitivity to the mag-
nitude of Le factor. For dehumidification, when Le increases from 0.6 to 2, the air
outlet humidity decreases slightly. Especially for the condition that NTU is less than
0.5, almost no change happens to the air outlet humidity ratio. Therefore, the air
outlet humidity ratio is almost only related with the mass transfer coefficient and it
can be expressed by:

wao ¼ f1 Ma; tai;wai;Ms; ts;Xs;A; hdð Þ ð6:21Þ

Similarly, with a certain hd, the air outlet temperature is determined by Le factor.
Thus, according to inlet parameters of air and solution and outlet parameters of air
measured by experiment, the coupled heat and mass transfer coefficients can be
determined in return. The detailed steps of the calculation for coupled heat and mass
transfer coefficients are as follows:

(1) The outlet air humidity ratio (wao), temperature (tao), the inlet parameters of air
and liquid desiccant solution (Ma, tai, wai, Msi, tsi, Xsi) as well as heat and mass
transfer area (A) are obtained from experiments;

(2) Assume two different groups of hd and Le, namely hd1, Le1, hd2, Le2, then
substitute hd1, Le1 and other inlet parameters into NTU-Le model aforemen-
tioned to calculate a group of outlet parameters (wao1, tao1); similarly, use hd2
and Le2 to calculate another group of outlet parameters (wao2, tao2);

(3) Obtain a new hd3 using the Newton segment method shown in Fig. 6.3a since
wao is the function of hd under constant operation conditions; calculate a new
Le3 using the same method in Fig. 6.3b; combine hd3 with Le3 to get wao3 and
tao3;

(4) Repeat step (3) until the computed outlet air humidity ratio and temperature
meet the deviation requirement compared with the experimental values
(wao, tao).

Fig. 6.2 Effect of Le factor
on air outlet humidity ratio
under different NTUs
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6.1.3.2 Evaluation Accuracy Comparison

In air dehumidification or desiccant regeneration, the heat and mass transfers are
complex and interact with each other. On the one hand, the heat transfer occurs due
to the temperature difference between air and liquid desiccant. The desiccant
temperature changes accordingly, causing the vapor pressure variation at the
solution surface. This makes the mass transfer potential change and affects the mass
transfer. On the other hand, the mass transfer between air and liquid desiccant
occurs due to the vapor pressure difference, accompanying the release of latent heat,
which changes the air and desiccant temperatures. Thus, the heat transfer potential
changes and the heat transfer are affected in return. Under this condition, the
existing methods to obtain heat and mass transfer coefficients may be unreasonable
because some methods are derived only considering the single potential change.
Hence, this part theoretically investigates and compares the evaluation accuracy of
the (equivalent) integral mean method and the logarithmic mean method. In the
following passage, two types of conditions are analyzed according to liquid-to-air
flow ratio (Rm).

The first condition is that the mass flow rate of the liquid desiccant is much
higher than that of the air. It could be assumed that the state of liquid desiccant does
not change during the heat and mass transfer process. All parameters of the liquid
desiccant (Ts, Xs, Ms) can be thought as constant along the falling film direction.
Hence, Eqs. (6.6) and (6.8) can be written as, respectively:

dwa ¼ NTU wei � wað Þ
H

dx ð6:22Þ

dta ¼ NTU � Le tsi � tað Þ
H

dx ð6:23Þ

Fig. 6.3 Newton segment method to calculate hd and Le: a hd; b Le
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Integrating Eqs. (6.22) and (6.23) along the height gives the air parameters in the
dehumidifier/regenerator:

wax ¼ wei þðwai � weiÞ exp �NTU
H

x

� �
ð6:24Þ

tax ¼ tsi þðtai � tsiÞ exp �NTU � Le
H

x

� �
ð6:25Þ

At the air outlet, x equals H and wax equal wao. It is easy to get from Eqs. (6.24)
and (6.10):

hd ¼ Ma � ln wai � weið Þ= wao � weoð Þð Þ
A

ð6:26Þ

This is in accord with the result from Eq. (6.15) using logarithmic mean
humidity difference method. Similarly, from Eq. (6.25):

hc ¼ Ma � Cpa � ln tai � tsið Þ= tao � tsoð Þð Þ
A

ð6:27Þ

The result is also the same with that from Eq. (6.13) using logarithmic mean
temperature difference method.

Above theoretical analysis shows that the logarithmic mean method is exactly
accurate regardless of calculating hd or hc when the liquid-to-air flow ratio is
infinite.

The second condition is that the mass flow rate of the air can be comparable with
the liquid desiccant, which is close to the actual application conditions. Since the
temperature and humidity of the air and liquid desiccant change together, the
parameters in dehumidifier/regenerator can’t be achieved directly using the integral
method. So, the equivalent integral mean method described in Sect. 6.1.3.1 is
employed to calculate hd and hc. The calculated values by the equivalent integral
and logarithmic mean methods are compared with the actual values. The methods
of precision verification are introduced as follows.

The actual values of hd and Le are assumed as 12 g/m2 s and 1, respectively.
Under the given inlet parameters of air and desiccant, the outlet parameters can be
derived by combining mathematical model and the assumed hd and Le. After that,
the hd1 and Le1 can be obtained by the equivalent integral mean method and hd2 and
Le2 can be obtained by the logarithmic mean method. Further, applicability of the
calculation methods used for coupled heat and mass transfer processes can be
studied.

Lithium bromide aqueous solution is used as liquid desiccant, and the packed
tower is used as dehumidifier. The packing is 0.5 m in height, 0.5 m in width and
0.5 m in length. In addition, the specific surface area is set as 396 m2/m3.
Figures 6.4 and 6.5 show the accuracy of the equivalent integral mean method and
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logarithmic mean method under high latent load. The inlet parameters for
parallel-flow pattern are listed in Table 6.1. In order to compare the deviation
between the calculated values and the actual values, the ratios of hd1 to hd, hd2 to hd,
Le1 to Le and Le2 to Le are depicted in Fig. 6.4. The ratio of hd1 to hd is close to 1,
which means the mass transfer coefficient calculated by the equivalent integral
mean method is almost the same with the actual value. And the ratio of hd2 to hd
shows a downward trend with an increase in the liquid-to-air flow ratio (Rm). The
average absolute deviation of hd1 is about 0.5%, while the average absolute devi-
ation of hd2 is about 9.5%. As to the calculation of heat transfer coefficient, only the
equivalent integral mean method can be used because the air temperature and the

Fig. 6.4 Accuracy of two methods under high latent load for parallel flow: a hd; b Le

Fig. 6.5 Accuracy of two methods under high latent load for counterflow: a hd; b Le

Table 6.1 Inlet parameters under high latent load

Variable Ma (m/s) Rm ta (°C) ts (°C) wa (g/kg) Xs

Rm 0.333 0.5–2.5 34 22 26.9 0.5
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desiccant temperature intersect as illustrated in Fig. 6.6. This results in the mean-
inglessness of the logarithmic operation. Therefore, no data points about Le2 appear
in Fig. 6.4b. The average absolute deviation of Le1 is about 8.3%. For the coun-
terflow pattern, the equivalent integral mean method also has higher accuracy than
the logarithmic mean method especially calculating heat transfer coefficients.
However, it seems that the advantage of equivalent integral mean method is
depressed compared with the parallel-flow pattern. When the liquid-to-air flow ratio
is more than 6.5, mass transfer coefficients calculated by two methods are almost
the same and the heat transfer coefficient can also be calculated by logarithmic
mean temperature method. It should be noted that the equivalent integral mean
method performs well to calculate the heat transfer coefficient while the logarithmic
mean temperature method performs badly even fails.

Figures 6.7 and 6.8 show the accuracy of the equivalent integral mean method
and logarithmic mean method under low latent load. The inlet parameters are listed
in Table 6.2 and the packing size changes to 0.4 m in height, 0.4 m in width and
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Fig. 6.6 Temperature distribution along solution flow direction

Fig. 6.7 Accuracy of two methods under low latent load for parallel flow: a hd; b Le
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0.4 m in length. In the parallel-flow pattern, the equivalent integral mean method
shows good performance with the deviation of 0.1% for hd1 and the deviation of
6.6% for Le1. The accuracy of the logarithmic mean method improves, which can
be mainly reflected by two aspects. One is the higher calculation precision of hd2
than that under high latent load. The other is the higher availability for calculating
heat transfer coefficients. In the counterflow pattern, two methods are exactly
accurate to obtain the mass transfer coefficients with the deviation within 0.3% from
the actual values. When the liquid-to-air flow ratio is more than 2.0, the logarithmic
mean method can be used to calculate heat transfer coefficients with high accuracy.

According to discussions above, the equivalent integral mean method is an
effective method to obtain the coupled heat and mass transfer coefficients regardless
of the inlet conditions. However, the accuracy of the logarithmic mean method
heavily depends on the inlet conditions. The inlet desiccant temperature is usually
lower than the inlet air temperature to realize dehumidification. Under the high
latent load, it is probable that the outlet desiccant temperature is higher than the
outlet air temperature because of the release of vaporization heat during the
dehumidification process. This is due to the most vaporization heat entering the
desiccant solution. Under this case, the logarithmic mean method fails to calculate
the heat transfer coefficient. This problem can be alleviated with an increase in the
liquid-to-air flow ratio which helps depress the temperature increase.

Fig. 6.8 Accuracy of two methods under low latent load for counterflow: a hd; b Le

Table 6.2 Inlet parameters under low latent load

Variable Ma (m/s) Rm ta (°C) ts (°C) wa (g/kg) Xs

Rm 0.333 0.5–2.5 30.3 22 15.3 0.5
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6.1.4 Experimental Study on the Coupled Heat and Mass
Transfer Coefficients

In this section, the equivalent integral mean method is used to obtain the coupled
heat and mass transfer coefficients during experiments. The steps to calculate heat
and mass transfer coefficients combining the mathematical model and experimental
data have been described in Sect. 6.1.3.1. Effects of the inlet parameters on the
coupled heat and mass transfer coefficients are investigated, and reliable experi-
mental data are also provided.

6.1.4.1 Empirical Values for Packed Towers

Extensive dehumidification experiments were conducted to provide reliable refer-
ence data using a cross-flow packed tower dehumidifier. Lithium chloride aqueous
solution and structured Munters Celdek were used as liquid desiccant and packing,
respectively. The packing with the specific area of 396 m2/m3 is 0.5 m in height,
0.5 m in length and 0.2 m in width. When one variable is analyzed, the other
variables are kept constant. Inlet conditions of air and solution are listed in
Table 6.3.

Figure 6.9 shows mass transfer coefficient and Le factor under different air
velocities during dehumidification. As air velocity increases from 0.22 to 0.71 m/s,
the mass transfer coefficients increases linearly from 3.1 to 9 g/(m2 s), and Le factor
changes slightly between 6.3 and 6.9. So, the heat transfer coefficient also increases
with the air flow rate. This can be explained by the lower heat and mass transfer
resistances under higher air velocity.

Table 6.3 Inlet parameters of experimental data in cross-flow

Variable va (m/s) Ms (kg/s) ta (°C) ts (°C) wa (g/kg) Xs

va 0.22–0.71 0.06 28.1–28.3 30.5–30.8 8.38–8.4 0.35

wa 0.47 0.085 24.7 30 10–16 0.365

Fig. 6.9 Effect of air velocity
for cross-flow during
dehumidification [4]

6 Heat and Mass Transfer Performance Evaluation … 145



Figure 6.10 shows mass transfer coefficient and Le factor under different air
humidity ratios. The higher inlet air humidity ratio promotes the mass transfer
coefficient significantly. In Fig. 6.9, the inlet air humidity ratio is only about 8 g/kg.
Thus, the mass transfer coefficient maintains at a low level less than 10 g/m2s. In
Fig. 6.10, the mass transfer coefficient is as high as 20 g/m2s when the inlet air
humidity ratio is about 15 g/kg. Due to stable Le factor and significant increase in
the mass transfer coefficient, the heat transfer coefficient also rises with the air
humidity ratio.

6.1.4.2 Empirical Values for Falling Film Columns

Experiments were also carried out using a flat-plate falling film dehumidifier
depicted in Fig. 6.11. The lithium bromide aqueous solution from the distributor
was divided into four pieces and flows vertically along four flat plates, respectively.
To wet the surface completely, each flat plate was covered by gauze sheet and the

Fig. 6.10 Effect of air
humidity ratio in cross-flow
during dehumidification [4]

Fig. 6.11 Flat-plate falling
film equipment
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total wetted area was 3 m2. The liquid desiccant was brought into contact with the
air from the top of the dehumidifier and heat and mass transfer occurs accordingly.
Inlet conditions of air and solution are listed in Table 6.4.

Figure 6.12 demonstrates the effect of air velocity on the mass transfer coeffi-
cient and Le. When air velocity changes from 0.78 to 6.63 m/s, the mass transfer
coefficient increases from 9.5 to 13.7 g/m2 s. In addition, Le factor shows an
upward trend with the air velocity more than 0.9 m/s. Therefore, the heat transfer
coefficient also increases due to the obvious increase in hd and Le.

Figure 6.13 demonstrates the effect of the solution flow rate on the mass transfer
coefficient and Le. The increase in the solution flow rate enhances the mass transfer
coefficient at first but further increase hardly contributes. Similar to the air velocity,
the increase of the solution velocity also strengthens the interface turbulence,
resulting in lower mass transfer resistance. As the solution mass flow rate increases,
Le fluctuates around 0.6.

Table 6.4 Inlet parameters of experimental data in parallel flow

Variable va (m/s) Ms (kg/s) ta (°C) ts (°C) wa (g/kg) Xs

va 0.78–6.63 0.025 26.6 30.5–30.8 14.3–14.5 0.547–0.556

Ms 0.98 0.023–0.043 26.5 28.4–30.7 14.8–15.0 0.497–0.505

Fig. 6.12 Effect of air
velocity for parallel flow
during dehumidification

Fig. 6.13 Effect of solution
flow rate for parallel flow
during dehumidification
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The results from experiments show that different from conventional Lewis
number, the defined Le factor in this chapter is not always close to 1. But for
experiments in this chapter, the Le factor changes not distinctly when only one
variable changes. So, the Le factor should be selected carefully based on pertinent
experimental data. Moreover, when the humidity ratio is about 15 g/kg, the mass
transfer coefficients are mostly within the range between 10 and 20 g/m2s. In order
to obtain accurate heat and mass transfer coefficients, reasonable methods consid-
ering local distribution are recommended.

6.2 Efficient Equipment for Liquid Desiccant
Dehumidification/Regeneration

This part aims to highlight the optimum design of the dehumidifier/regenerator used
in liquid desiccant air-conditioning systems. The performance enhancement is
discussed experimentally and theoretically.

Dehumidifiers/regenerators are the core equipment in liquid desiccant
air-conditioning systems, where air and the liquid desiccant contact and as a result
heat and mass transfer occurs. Adiabatic packed towers are the commonly used
configuration of gas–liquid contactors for the merit of simplicity. However, during
dehumidification process, the solution temperature rises significantly due to the
release of latent heat from the condensed vapor in dehumidified air. This causes the
reduction of mass transfer potential since the vapor pressure at the solution surface
increases. Therefore, the dehumidification performance declines obviously.
Similarly, during regeneration process, the solution temperature will decrease sig-
nificantly because of the absorption of the latent heat, leading to poor regeneration
performance. Two methods have been put into use to solve the problem. One
method is increasing the solution flow rate to maintain lower temperature in
dehumidifiers and higher temperature in regenerators. The other method is using
cooling sources to remove latent heat during dehumidification and using heating
sources to provide latent heat during regeneration. The former method often causes
severe droplet carryover inevitably, which makes pipes and devices corroded and
may pose a potential threat to air quality. So the latter method has received much
attention [9–15].

Here, a novel internally cooled/heated dehumidifier/regenerator was designed
and experimentally tested. Further, the mathematical model for internally
cooled/heated dehumidifier/regenerator was developed and verified using experi-
mental data. Based on the model, the performance of the internally heated regen-
erators under different conditions was theoretically analyzed and compared with the
adiabatic regenerators.
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6.2.1 Experimental Test of a Internally Cooled/Heated
Dehumidifier/Regenerator

6.2.1.1 Structure of the Internally Cooled/Heated
Dehumidifier/Regenerator

In the adiabatic gas–liquid contactors, the release and absorption of the latent heat
obviously changes the desiccant temperature during humidification/regeneration,
leading to poor mass transfer performance. To solve the problem, a plate-fin heat
exchanger (PFHE) was designed [16]. The structure of the PFHE is shown in
Fig. 6.14a, b. A unit of PFHE consists of seven parallel water channels and six
solution/air channels intermingled with each other. All channels are 298 mm in
length. The water channel is 3 mm in width, while the solution/air channel is
12 mm in width. In addition, the height of the PFHE unit is 100 mm. In order to
provide more contacting area for desiccant solution and air, between two neigh-
boring plates, there are three layers of fins with the distance of 4 mm side-by-side
intercrossing.

As depicted in Fig. 6.14c, the internally cooled dehumidifier or internally heated
regenerator is composed by six identical units of PFHE stacking up along the
vertical direction. For the convenience of installation, two neighboring PFHEs have
opposite water inlet sides. Therefore, three PFHEs have their inlet/outlet on one side
and the remaining PFHEs have their inlet/outlet on the other side. The desiccant
solution from the top of the dehumidifier/regenerator is distributed evenly over the
fins and flows countercurrently relative to the air from the bottom. For dehumidi-
fication, cooling water entering the water channels flows horizontally and removes

Fig. 6.14 Structures of PFHE and dehumidifier/regenerator: a top view of the plate-fin heat
exchanger; b schematic diagram of the plate-fin heat exchanger; c structure of the whole
dehumidifier/regenerator [16]
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vaporization heat to maintain low solution temperature during the dehumidification
process, producing high mass transfer potential. For regeneration, heating water is
transported into the water channels and provides vaporization heat to maintain high
solution temperature as well as high mass transfer potential. If no water is used, the
dehumidifier/regenerator becomes adiabatic.

6.2.1.2 Experimental Test and Performance Comparison

In order to test the performance of the designed internally cooled/heated
dehumidifier/regenerator, pertinent experiments were conducted using lithium
chloride aqueous solution as liquid desiccant. A comparative study was also con-
ducted between the adiabatic and the internally cooled/heated
dehumidifier/regenerator. The humidity ratio difference is taken as a performance
index. On the one hand, the humidity ratio difference can represent moisture
removal/evaporation rate with the constant air flow rate. On the other hand, it
reflects the processed air outlet humidity ratio, which is critical for dehumidification
requirement in comfort air-conditioning systems. In this section, the humidity ratio
difference for dehumidification is defined as:

Dwa ¼ wai � wao ð6:28Þ

And the humidity ratio difference for regeneration is defined as:

Dwa ¼ wao � wai ð6:29Þ

As known to us, the air velocity has a remarkable impact on the heat and mass
transfer coefficient [13, 14]. Besides, the solution temperature significantly affects
the partial vapor pressure at the solution surface, which determines the mass transfer
potential in some degree. Thus, the effects of air velocity and solution temperature
on the performance index were investigated. In addition, the effect of cooling water
temperature was also discussed for internally cooled dehumidifier.

As to dehumidification, inlet conditions of air, solution and cooling water are
shown in Table 6.5.

Figure 6.15 shows humidity ratio difference under different air velocities for the
internally cooled and adiabatic dehumidifier, respectively. When the air velocity
increases, the humidity ratio difference firstly increases linearly and afterward stays

Table 6.5 Inlet parameters for the internally cooled dehumidifier during experiments

Variable va (m/s) Ms (kg/s) Mw (kg/s) ta (°C) ts (°C) tw (°C) wa (g/kg) Xs

va 6.49–3 0.1036 0.151 30.9 25.3 24 10.6 0.386

ts 2.84 0.1036 0.151 30.5 20.4–36.6 22 13.4 0.377

2.84 0.1036 0.151 30.9 23.6–28.9 22 12.6 0.388

tw 3.36 0.1036 0.151 30.3 27.0 19–25 12.6 0.387
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almost constant. Both the internally cooled dehumidifier and the adiabatic dehu-
midifier have the same trend but with the different magnitude of humidity ratio
difference. The humidity ratio difference of the internally cooled dehumidifier is
0.5 g/kg larger than that of the adiabatic dehumidifier on average. Compared with
the adiabatic dehumidifier, performance of the internally cooled dehumidifier is
improved by about 25%. This is because the cooling water effectively carries away
the vaporization heat and keeps the solution temperature low, producing higher
overall vapor pressure difference between air and desiccant in internally cooled
dehumidifier. The appeared significant increase in the humidity ratio difference can
be attributed to the mass transfer coefficient, which increases more quickly than the
air flow rate under higher air velocity. The reason for the almost constant trend later
is that the increase in the mass transfer coefficient is close to the increase in the air
flow rate when the air velocity is high enough. If the air velocity increases further,
the air flow rate may increase more rapidly than the mass transfer coefficient,
resulting in the drop of humidity ratio difference.

Two group experiments were conducted to study the effect of solution temper-
ature on the humidity ratio difference for two types of dehumidifiers. As illustrated
in Fig. 6.16, the humidity ratio difference shows an obvious downward trend with
the increase in the solution temperature. The performance of the internally cooled

Fig. 6.15 Effect of air
velocity on the humidity ratio
difference for
dehumidification [16]

Fig. 6.16 Effect of solution
temperature on the humidity
ratio difference for
dehumidification [16]
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dehumidifier is better than that of the adiabatic dehumidifier in terms of the
humidity ratio difference. In order to disclose effects of the solution temperature on
the humidity ratio difference accurately, the mass transfer coefficient between the
processed air and solution is calculated by the following equation according to the
literature [15]:

kd ¼ Ga wai � waoð Þ
A wai � weið Þ ð6:30Þ

where kd is different from aforementioned hd but can also reflect the mass transfer
process.

From Fig. 6.17, the mass transfer coefficient decreases with the solution tem-
perature. This means that the reduction of the humidity ratio difference is because of
not only the bigger vapor pressure at the solution surface but also the smaller mass
transfer coefficient the high solution temperature brings. The overall solution
temperature in the internally cooled dehumidifier is lower than that in the adiabatic
dehumidifier. So, it is clear that the humidity ratio difference of the internally cooled
dehumidifier is higher than that of the adiabatic dehumidifier.

Since no cooling water is used in the adiabatic dehumidifier, the humidity ratio
difference stays constant when the cooling water temperature changes. Under this
condition, the adiabatic dehumidifier is not analyzed. Figure 6.18 presents the effect
of cooling water temperature in the internally cooled dehumidifier. As the cooling
water temperature varies from 19 to 25 °C, the humidity ratio difference declines.
The overall solution temperature variation accounts for this phenomenon.

As to regeneration, inlet conditions of air, solution and heating water are shown
in Table 6.6.

Figure 6.19 shows the effect of the air velocity on the performance of internally
heated regenerator and the adiabatic regenerator. The humidity ratio difference of
the internally heated regenerator is much higher than that of the adiabatic regen-
erator. The average deviation is about 3 g/kg. Compared with the adiabatic dehu-
midifier, performance of the internally heated regenerator is improved by about
33%. This can be explained as follows. In the adiabatic regenerator, the vapor
pressure at the solution surface is higher than that of the scavenging air. So the

Fig. 6.17 Mass transfer
coefficients under different
solution temperatures for
dehumidification
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moisture transfers from the desiccant solution to the air, accompanying the
absorption of vaporization heat, which mainly comes from the sensible heat of
desiccant solution. Hence, the temperature of the desiccant solution decreases
dramatically and regeneration performance decays. However, in the internally
heated regenerator, the heating water enters the regenerator and provides the des-
iccant solution with sensible heat-by-heat transfer. During regeneration process, the
solution can stay high temperature and the regeneration performance can be
enhanced accordingly. With the increase in the air velocity, the humidity ratio
difference also increases for both internally heated and adiabatic regenerators. This
should be explained from two aspects. The first is that the higher air velocity helps
to increase the mass transfer coefficient for stronger turbulent fluctuation. The
second is that the regeneration air can be carried away rapidly. As a result, the mass
transfer potential is maintained relatively high.

Fig. 6.18 Effect of water
temperature on the humidity
ratio difference for
dehumidification [16]

Table 6.6 Inlet parameters for the internally heated regenerator during experiments

Variable va (m/s) Ms (kg/s) Mw (kg/s) ta (°C) ts (°C) tw (°C) wa (g/kg) Xs

va 6.68–3.59 0.1 0.14 26.5 70.0 70 16.5 0.380

ts 2.42 0.1 0.14 26.7 62.0–73.0 72 16.3 0.360

Fig. 6.19 Effect of air
velocity on the humidity ratio
difference for regeneration
[16]
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The effect of the solution temperature for regeneration is shown in Fig. 6.20.
During experiments, the solution temperature varies from 62 to 73 °C by regulating
the electric heater with a temperature controller. It can be seen that the humidity
ratio difference of the internally heated regenerator is much more than that of the
adiabatic regenerator especially for the solution temperature among 65–69 °C.
Moreover, both internally heated and adiabatic regenerators show upward trend in
the humidity ratio difference. This may be due to higher vapor pressure difference
between liquid desiccant and air with an increase in the solution temperature.

The above analysis experimentally verified the excellent superiority of the
internally cooled/heated dehumidifier/regenerator by comparison with the adiabatic
dehumidifier/regenerator. The cooling water helps to keep the low temperature of
desiccant solution during dehumidification, and the heating water helps to keep the
high temperature of desiccant solution during regeneration, which promotes mass
transfer. With good dehumidification/regeneration performance, the internally
cooled/heated dehumidifier/regenerator can also be made smaller in terms of the
size. It indicates that the internally cooled/heated dehumidifier/regenerator is a
promising alternative to the adiabatic dehumidifier/regenerator.

For the liquid desiccant air-conditioning system, the desiccant regeneration
determines the system economy because the regeneration process consumes much
energy. Therefore, the internally heated regenerator was further discussed
theoretically.

6.2.2 Modeling and Performance Simulation of a Internally
Heated Regenerator

6.2.2.1 Mathematical Model and Verification

In order to simulate the heat and mass transfer process for internally heated
regenerator under different operation conditions, a simple mathematical model was
set up.

Fig. 6.20 Effect of solution
temperature on the humidity
ratio difference for
regeneration [16]
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The internally heated regenerator in Fig. 6.21 had two types of channels
including one type of hot water channels (channel I) and the other type of air and
desiccant channels (channel II). If the hot water was not inactivated, the regenerator
was an adiabatic regenerator. Fins were equipped between two plates in the air and
desiccant channels to expend the heat and mass transfer area for air and liquid
desiccant. The internally heated regenerator was 300 mm in length (L), 1000 mm in
height (H). Besides, the channel II was 24 mm in width, and the extended coeffi-
cient of the area of the fin in the regenerator (b) was 4.

The finite difference model is used, and the control volume is also shown in
Fig. 6.21. In the control volume, heat and mass transfer happens between three
types of fluids. Firstly, heat and mass transfer happens between the air and desic-
cant. According to Refs. [11, 17], the change of air temperature and humidity ratio
can be expressed as follows:

dta ¼ 2hcðts � taÞLb
MaCpa

dz ð6:31Þ

dwa ¼ 2hdðwe � waÞLb
Ma

dz ð6:32Þ

Secondly, heat transfer also happens between liquid desiccant and air.
Temperature of the desiccant solution changes due to heat transfer with the air and
hot water, which can be expressed by:

dts ¼ �Ma � dha þMwCpw � dtw þMa � Cps � ts � dwa

CpsMs
ð6:33Þ

Due to the evaporation of the water in the solution, the mass flow rate and the
concentration of the desiccant also change, which can be determined by following
equations:

Fig. 6.21 Regenerator structure and control volume
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dXs ¼ Ma � dwa

Ms þMa � dwa
Xs ð6:34Þ

dMs ¼ �Ma � dwa ð6:35Þ

According to the energy balance, temperature change of the hot water can be
calculated as follows:

dtw ¼ hcwðts � twÞL
CpwMw

dz ð6:36Þ

In addition, the dimensionless correlation of mass transfer coefficient is derived
based on the experiments aforementioned. It is written as:

Sha ¼ 25:8154t�3:36
s Re1:55a Sc0:33a ð6:37Þ

Based on the mathematical model and the dimensionless correlation, the outlet
air temperature, humidity ratio and desiccant temperature were predicted. The
deviation between predicted values and experimental data was within 5%, which
has been validated in Ref. [17]. This indicated that the model could give reasonable
prediction for heat and mass transfer between air and liquid desiccant. Therefore,
the model could be used to investigate the effects of inlet parameters.

6.2.2.2 Performance Indexes and Performance Comparison

The regenerator is desired to vaporize water from the desiccant solution as much as
possible, so the moisture evaporation rate is taken as a performance index and it is
defined as:

Mr ¼ Maðwao � waiÞ ð6:38Þ

Since the internally heated regenerator consumes extra energy to provide latent
heat, it is necessary to evaluate how much energy actually contributed to the phase
transition of water. Thus, regeneration thermal efficiency (ηr) is also taken as per-
formance index and is defined as:

gr ¼
Maðwao � waiÞr

Qh
ð6:39Þ

where Qh is the total heat input to the regeneration.
In addition, lithium chloride aqueous solution is used as desiccant and both air

and liquid desiccant enter the regenerator from the top. The inlet conditions are
listed in Table 6.7.
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Figure 6.22 presents moisture evaporation rate and regeneration thermal effi-
ciency under different solution mass flow rates. It seems that in the internally heated
regenerator, both moisture evaporation rate and regeneration thermal efficiency
show weak sensitivity to the solution mass flow rate. However, in the adiabatic
regenerator, both moisture evaporation rate and regeneration thermal efficiency
firstly increase notably with the solution mass flow rate and afterward keep nearly
unchanged. It must be pointed out that when the solution mass flow rate is very low,
the moisture evaporation rate is less than zero, which means dehumidification
occurs in the adiabatic regenerator. This is because in the adiabatic regenerator, the
available heat for regeneration is mainly provided by the liquid desiccant. When the
solution mass flow rate is very low, the available heat for regeneration is very little
and the solution temperature drops dramatically during regeneration. As a result, the
vapor pressure at the solution surface is less than the vapor pressure of the air and
dehumidification occurs accordingly. In this case, the heating water helping to
maintain the solution temperature can promote the regeneration performance
effectively. Thus, the moisture evaporation rate of the internally heated regenerator
is much higher than that of the adiabatic regenerator when the solution mass flow
rate is low. It can be concluded that the internally heated regenerator shows great
superiority in the case of low solution flow rate while the adiabatic regenerator
works well only when the solution flow rate is relatively high. Since the low
solution flow rate can relieve the problem of carryover, the internally heated
regenerator is a potential alternative to the zero-carryover application.

Table 6.7 Inlet parameters for internally heated regenerator

Variable Ma (kg/s) Ms (kg/s) Mw (kg/s) ta (°C) ts (°C) tw (°C) wa (g/kg) Xs

Ms 0.015 0.001–0.031 0.02 30.0 65.0 65.0 16.5 0.370

ts 0.015 0.004 0.02 30.0 50.0–100.0 65.0 16.5 0.370

Ma 0.001–0.021 0.004 0.02 30.0 65.0 65.0 16.5 0.370

ta 0.015 0.004 0.02 20.0–40.0 65.0 65.0 16.5 0.370

Mw 0.015 0.004 0.003–0.063 30.0 65.0 65.0 16.5 0.370

Fig. 6.22 Effects of solution flow rate for internally heated regenerator [11]: a moisture
evaporation rate Mr; b regeneration thermal efficiency ηr
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Figure 6.23 presents moisture evaporation rate and regeneration thermal effi-
ciency under different solution temperatures. The moisture evaporation rate
increases linearly for two types of regenerators due to higher mass transfer
potential. The moisture evaporation rate of the internally heated regenerator is
higher than that of the adiabatic regenerator on account of the existence of hot
water. The regeneration thermal efficiency also increases with an increase in the
solution temperature for two types of regenerators. This is because the moisture
evaporation rate increases significantly with the temperature.

Figure 6.24 shows the effects of the air mass flow rate. For the internally heated
regenerator, the moisture evaporation rate shows an upward trend while for the
adiabatic regenerator, the moisture evaporation rate increases when the air flow rate
is less than 0.011 kg/s and further increase in the air flow rate will result in
reversing this trend. This can be explained as follows. The higher air velocity
improves the mass transfer coefficient when the air flow rate is low. Thus, the
moisture evaporation rate becomes larger. But further increase in the air velocity
causes strong heat transfer between air and liquid desiccant. The solution temper-
ature decreases sharply in the adiabatic regenerator and dehumidification may
occur, leading to the reduction of the moisture evaporation rate. In addition, the

Fig. 6.23 Effects of solution temperature for internally heated regenerator [11]: a moisture
evaporation rate Mr; b regeneration thermal efficiency ηr

Fig. 6.24 Effects of air flow rate for internally heated regenerator [11]: a moisture evaporation
rate Mr; b regeneration thermal efficiency ηr
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mass flow rate has an adverse effect on the regeneration thermal efficiency for both
regenerators. In the internally heated regenerator, the regeneration thermal effi-
ciency decreases slightly while in the adiabatic regenerator, the regeneration ther-
mal rate decreases sharply. This is because air with higher velocity carries away
considerable heat from the liquid desiccant. So, more heat is wasted without con-
verting into the useful latent heat. Hence, the regeneration thermal efficiency
declines. In the adiabatic regenerator, no source is used to compensate the wasted
heat, resulting in more rapid decrease of the regeneration thermal efficiency than the
internally heated regenerator. This indicates the air flow rate must be selected
carefully and has an optimal value in adiabatic regenerator.

In Fig. 6.25, the moisture evaporation rate and the regeneration thermal efficiency
are depicted under different air temperatures. As the air temperature rises, almost no
change happens to the moisture evaporation rate in the internally heated regenerator.
But in the adiabatic regenerator, the moisture evaporation rate increases. For the
adiabatic regenerator, the increase in the air temperature can effectively depress the
decrease in the solution temperature during regeneration process. However, for the
internally heated regenerator, the increase in the air temperature has little effect on
the solution temperature due to large heat derived from the heating water. The
variations of regeneration thermal efficiency in two types of regenerators are
opposite. The decrease of the regeneration thermal efficiency in the internally heated
regenerator is because extra heat is used to increase air temperature but little
improvement in the evaporation rate is derived. The increase of the regeneration
thermal efficiency in the adiabatic regenerator is because more moisture evaporation
rate is obtained by increasing the air temperature.

In Fig. 6.26, the effect of the heating water flow rate is illustrated. Since no
heating water is used in the adiabatic regenerator, the regeneration performance
stays unchanged with the increase in the heating water flow rate. For the internally
heated regenerator, the larger heating water flow rate helps to enhance the moisture
evaporation rate and the regeneration thermal efficiency. When the heating water
flow rate is more than 0.025 kg/s, the moisture evaporation rate as well as the
regeneration thermal efficiency almost keeps constant.

Fig. 6.25 Effects of air temperature for internally heated regenerator [11]: a moisture evaporation
rate Mr; b regeneration thermal efficiency ηr
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From analysis above, the internally heated regenerator has a great advantage
over the adiabatic regenerator. Different from the adiabatic regenerator, the inter-
nally heated regenerator still shows prominent regeneration performance when the
solution flow rate is very low. This helps to develop zero-carryover gas–liquid
contactor. In addition, the internally heated regenerator also helps to reduce energy
consumption during regeneration because of the high regeneration thermal effi-
ciency. Great importance should be attached to the development of internally heated
regenerators.

6.3 Efficient Liquid Desiccant Air-Conditioning Systems

This part aims to provide some efficient air-conditioning systems using liquid
desiccant dehumidification technology. As is known, traditional air-conditioning
systems suffer from the problem of low efficiency for a long term. This is because
the condensation dehumidification is used to remove the latent load. In this method,
the water vapor is squeezed out of the humid air until the air temperature is cooled
below the dew point. Under this case, usually chilled water of 7 °C is required to
meet the demand of indoor humidity, resulting in low coefficient of performance of
the chiller. However, the indoor temperature can be controlled at a suitable value
using the chilled water of 15 °C, which means the system can be enhanced notably
if the condensation method is replaced by other dehumidification methods inde-
pendent of low-temperature cooling sources. Based on the idea, liquid desiccant
dehumidification is expected to be a promising alternative especially when
low-grade waste heat or solar energy is available. Since the vapor pressure at the
solution surface is lower than that of the humid air, the moisture transfers from the
air to the liquid desiccant. As a result, the air becomes dry and the liquid desiccant
is diluted. Failing to absorb water vapor effectively, the diluted desiccant has to
recover the initial concentration so that dehumidification process can continue. In
order to discharge moisture into scavenging air, the vapor pressure at the solution

Fig. 6.26 Effects of water flow rate for internally heated regenerator [11]: a moisture evaporation
rate Mr; b regeneration thermal efficiency ηr
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surface must be increased, which is usually realized by adding heat to increase
solution temperature.

Instead of low temperature of air, the vapor pressure difference between the
desiccant and air is relied on to remove the moisture for the liquid desiccant
dehumidification. However, the absorption of water vapor accompanies the release
of the latent heat, which actually converts to sensible heat of the liquid desiccant
and air. So the air temperature usually rises to more than the indoor air temperature
after desiccant dehumidification. In order to remove the sensible heat, mainly three
methods are proposed to combine with the liquid desiccant dehumidification. Most
researchers focus on the free cooling and heat pumps [5, 18], while seldom
researchers are concerned with the absorption refrigeration [19]. In the next pas-
sage, such hybrid air-conditioning systems are provided to set an example for
efficient application of liquid desiccant dehumidification.

6.3.1 Liquid Desiccant Systems Combined with Evaporative
Cooling

6.3.1.1 Liquid Desiccant Systems Producing Cold and Dry Air

A typical liquid desiccant system contains a dehumidifier, a regenerator, pumps,
fans, desiccant tanks, coolers, heaters and heat exchangers. The liquid desiccant
system combined with evaporative cooling also contains an evaporative cooler.

Figure 6.27 shows the schematic diagram of a liquid desiccant air-conditioning
system integrated with evaporative cooling [20]. Cooling and strong liquid desic-
cant is delivered to the top of the dehumidifier by pump and distributed evenly over

Fig. 6.27 Liquid desiccant system combined with evaporative cooling only producing cold and
dry air
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the packing to increase heat and mass transfer area. Humid air composed by fresh
air and return air enters the dehumidifier from the bottom. The liquid desiccant
flowing countercurrently relative to the humid air is brought into contact with the
humid air. Then, moisture transfers from the air to the liquid desiccant because the
vapor pressure at the solution surface is lower than that of the humid air. As a result,
the liquid desiccant becomes warm and weak. The diluted solution flows into and is
stored in the weak solution tank. In order to recover the ability of absorbing water
vapor, the diluted solution must be concentrated. Hence, the diluted liquid desiccant
from the weak solution tank is pumped into the solar collector to obtain high
temperature and then enters the regenerator. Due to high temperature, the vapor
pressure of the diluted liquid desiccant is much higher than that of the scavenging
air. So in the regenerator, moisture transfers from the liquid desiccant to the
scavenging air, accompanying the absorption of vaporization heat. Concentrated
liquid desiccant from the bottom of the regenerator flows into and is stored in the
strong solution tank. Since the concentrated liquid desiccant in the strong solution
tank is still hot, its vapor pressure at the surface is relatively high. Under this case, a
cooler is required to obtain the cooling and strong solution so that dehumidification
cycle can be operated continuously. During dehumidification, the cooling liquid
desiccant is expected while during regeneration, the hot solution is expected. So it is
economical and beneficial to set a heat exchanger between strong solution and weak
solution from tanks. The dry air from the dehumidifier is firstly precooled by a
cooler and then enters the evaporative cooler, where water is distributed over the
packing. Due to water evaporation, the dry air is humidified and cooled. The cool
air is still dry compared with the indoor air and it is transported to the
air-conditioning room to control the indoor temperature and humidity. The solar
collector in this system can also be replaced by other heat sources. Liquid desiccant
systems producing dry air and chilled water.

Figure 6.28 presents another liquid desiccant air-conditioning system integrated
with evaporative cooling. The dehumidification cycle of the system is the same with
the previous system. It must be noted that in this system, one part of dry air from the
dehumidifier is supplied into room to control humidity and the other part of dry air
enters evaporative cooler [20]. Due to the water vaporization in the evaporative
cooler, water and air are cooled simultaneously. The cold air from the evaporative
cooler flows out of the evaporative cooler and further precools the dry air after
cooler. In addition, the cold water from the evaporative cooler is used to control the
indoor temperature by being transported to the terminal equipment like coils and
radiant panels. Hence, independent control of temperature and humidity is realized
by dry air from the dehumidifier and cold water from the evaporative cooler,
respectively.
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6.3.2 Liquid Desiccant Systems Combined with Heat Pumps

Figure 6.29 shows a liquid desiccant system combined with a heat pump [5]. In this
system, the evaporator is used to cool the strong liquid desiccant during dehu-
midification and two condensers are used to heat the weak liquid desiccant and
scavenging air, respectively, during regeneration. To reduce the cooling load for
evaporator as well as heating load for condenser, an interstage cycle is added
between the dehumidifier and the regenerator.

Under summer conditions, diluted solution from the weak solution tank is
divided into two parts. One part of the diluted solution goes through the first
condenser after mixing with a part of the concentrated solution from the strong
solution tank. Then, the mixed solution heated by the first condenser enters the
regenerator and contacts with the scavenging air heated by the second condenser.

Fig. 6.28 Liquid desiccant system combined with evaporative cooling producing cold water and
dry air

Fig. 6.29 Liquid desiccant system combined with heat pumps having two condensers
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After regenerator, the mixed solution is concentrated and flows into the strong
solution tank. The other part of the diluted solution from the weak solution tank is
mixed with a part of concentrated solution and cooled by the evaporator afterward.
The cooled liquid desiccant enters the dehumidifier to produce the cold and dry air,
which is supplied to the air-conditioning room to control the indoor temperature and
humidity.
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Chapter 7
Numerical and Experimental Investigation
on Solid Desiccant-Assisted Mobile
Air-Conditioning System

Hoseong Lee and Yunho Hwang

Abstract In the conventional mobile air-conditioning system, evaporating tem-
perature should be lower than the dew point temperature of cabin to control the
temperature and humidity. Thus, reheating of the air is necessary. These two factors
could increase the fuel consumption of the system. To overcome these issues, a
solid desiccant-assisted mobile air-conditioning system is proposed and investi-
gated. It is proposed to apply the solid desiccant to the mobile air-conditioning
system to handle most of latent load, while the vapor compression cycle
(VCC) handles the remaining latent load and sensible load. The model of the
proposed concept is developed and validated with experimental data. Then, the
possible configurations of the solid desiccant-assisted mobile air-conditioning
system are discussed. Lastly, the proposed system is experimentally investigated
with various operating conditions.
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Q Heat transfer capacity
T Temperature
W Work input
X Quality
q Density

Acronyms

AC Alternating current
COP Coefficient of performance
DC Direct current
DP Pressure drop
DW Desiccant wheel
EES Engineering Equation Solver
FPI Fins per inch
MAC Mobile air-conditioning
MFR Mass flow rate
MRC Moisture removal capacity
PR Pressure ratio
RH Relative humidity
RPM Revolutions per minute
SD Solid desiccant
SSLC Separate sensible and latent cooling
TXV Thermal expansion valve
VCC Vapor compression cycle
VFR Volumetric flow rate

Subscript

amb Ambient
comp Compressor
cond Condenser
DW Desiccant wheel
evap Evaporator
exp Experiment
in Inlet
isen Isentropic
out Outlet
reg Regeneration-side
sim Simulation
vol Volumetric
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7.1 Introduction

7.1.1 Background

Improving the energy efficiency of a mobile air-conditioning (MAC) system has
been a leading topic in a mobile industry due to fuel saving and climate change. As
compared to the residential air-conditioning system, the MAC system has several
distinctive features. First, the space and weight are extremely limited, which is
directly associated with fuel efficiency. Second, the thermal load of the cabin
changes dramatically. This means the MAC must be designed to be capable of
operating under a wide range of conditions. Third, not only temperature control but
also humidity control is very important because temperature and humidity controls
are related to the thermal comfort as well as safety [1].

In the conventional MAC system, the temperature and humidity control is
achieved by a vapor compression system that typically consists of a compressor,
condenser, drier, evaporator, and expansion valve. The system also has two fans
driving the air through the condenser and evaporator. The cooling capacity is
obtained from the evaporator, and the heating capacity is obtained by using a heater
core heat exchanger. This heat exchanger uses the high-temperature coolant coming
from the engine as a heat source to increase the temperature of the air.

The MAC system cools down the air lower than the dew point temperate of the
cabin to control the humidity. Thus, reheating of the air is necessary. The perfor-
mance of the system can be decreased due to the reheating process. The separate
sensible and latent cooling (SSLC) system can be a possible solution for this.
The SSLC system can be either a hybrid system including liquid or solid desiccant
or a modified system with two independent heat exchangers dealing with the
sensible and latent load separately [2].

The desiccant-assisted technology can separate the latent heat load from the
sensible heat load, which will effectively increase the evaporating temperature and
reduce the power consumption of the compressor. Moreover, with the desiccant
material, the system can overcome overcooling or reheating which will offset the
energy required to regenerate the desiccant, leading to a significant energy saving
[3]. The desiccant material is categorized into two kinds: liquid desiccant and solid
desiccant. In this study, the solid desiccant material is integrated into the MAC
system to see the dehumidification capability enhancement.

The common material of the solid desiccant includes activated carbon, activated
alumina, molecular sieve, silica gel, lithium chloride, and calcium chloride. The
ideal material for the desiccant shall have a relatively low regeneration temperature
as well as a high capability to sorb the water from the humid air. Researchers are
still developing novel materials to increase the performance of the solid desiccant.
Jia et al. [4] investigated the solid desiccant fabricated with novel composite. They
found that the novel material made up by impregnating lithium chloride into open

7 Numerical and Experimental Investigation … 169



silica gel pores can remove about 20–40% more water when compared with con-
ventional silica gel solid desiccant. As to the polymer desiccant, White et al. [5]
found that a superabsorbent polymer desiccant which was regenerated at 50 °C and
working under a high relative humidity (>60%) could achieve a greater dehumid-
ification than the conventional silica gel desiccant wheel (DW). Similarly, Lee and
Lee [6] investigated the performance of a polymer desiccant which was named
super desiccant polymer and concluded that the material displayed an outstanding
durability with a sorption capacity 2–3 times higher than silica gel.

A so-called solid desiccant-assisted air-conditioning system can be either a
desiccant air-conditioning system or a hybrid system with desiccant and traditional
air-conditioning system. In the hybrid system with desiccant material and vapor
compression cycle (VCC), one of the benefits will the downsizing of the VCC
system since it handles with the sensible heat only [7]. From the literature review, it
was found out that there were extremely limited research on the SSLC including the
solid desiccant-assisted MAC system. Therefore, in this paper, the solid
desiccant-assisted MAC system design is proposed and its performance is inves-
tigated. The all-possible options for solid desiccant-assisted MAC system are
discussed.

7.1.2 Solid Desiccant-Assisted MAC System Configuration

Figure 7.1 shows the schematic diagram of the conventional MAC system. As to
the refrigerant-side, the VCC consisted of two mini-channel heat exchangers acting
as a condenser and evaporator. A thermal expansion valve (TXV) is installed after
the condenser, which regulates opening depending upon the degree of superheat. As
to the air-side, the condenser and evaporator are located in two separate wind ducts.
The fan frequency of the condenser wind duct is controlled by an alternating current
(AC) inverter. Air in the evaporator-side is driven by a direct current (DC) blower
from the MAC system. A heater core heat exchanger is installed after the evaporator
that reheats the air to the target temperature.

Figure 7.2 shows the systematic diagram of the proposed solid
desiccant-assisted MAC system. The solid desiccant is designed as a cylindrical
shape with honeycomb-shaped cells slowly rotated as it continuously dehumidified
the incoming process airflow, which is called a desiccant wheel (DW). The solid
desiccant is installed in both process air-side and regeneration air-side. In the
process air-side, humid and hot air is cooled down at the evaporator, and then,
humid and cold air leaving from the evaporator is dehumidified at the solid des-
iccant. The moisture in the process air-side is absorbed to the desiccant material, so
that dry air can be provided to the space. In the regeneration air-side, the absorbed
moisture in the desiccant material is desorbed with hot and dry air, which is heated
at the heater core heat exchanger.
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7.2 Modeling Approach

The models of the baseline MAC system (as shown in Fig. 7.1) and the solid
desiccant-assisted MAC system (as shown in Fig. 7.2) are developed using
Engineering Equation Solver (EES). The heat exchanger models are developed with
CoilDesigner heat exchanger simulation software package and integrated in EES.
Figure 7.3 shows a flowchart of the MAC model development. The detailed
assumptions adopted for calculating the VCC are following. For each heat
exchanger calculation, a database is created by a multiple-variable parametric study
in the CoilDesigner. Specifically, for the database of evaporator, evaporating
pressure, inlet quality, and mass flow rate were selected as variables, and for the
database of condenser, condensing pressure (high-side pressure), inlet temperature,
and mass flow rate were selected as variables. Each database had 1000 records. EES
imported all the records and saved them as three-dimensional arrays. Linear
interpolation method was applied to calculate the results from the database records.

7.2.1 Compressor Modeling

A reciprocating type compressor, which has 33 cc of the displacement volume, is
tested, and isentropic efficiency and volumetric efficiency are calculated. Then, the
isentropic efficiency and the volumetric efficiency are correlated with a revolution
per minute (RPM) and a pressure ratio between suction pressure and discharge
pressure. Figure 7.4 shows the performance map of the compressor.

7.2.2 Condenser Modeling

The condenser model is developed with CoilDesigner heat exchanger simulation
software package. Table 7.1 shows the specification of the condenser. This heat
exchanger is a microchannel heat exchanger. The number of ports is 18, and port
height and width are 0.9 mm and 0.6 mm, respectively. Number of banks is one
and tubes per bank are 53. The louver fin with 60° is applied. The heat transfer
coefficient and pressure drop correlations applied are as follows:

• Air-side heat transfer coefficient: Chang and Wang [8]
• Refrigerant-side liquid-phase heat transfer coefficient: Dittus and Boelter [9]
• Refrigerant-side two-phase heat transfer coefficient: Dobson [10], correction

factor: 0.8
• Refrigerant-side vapor-phase heat transfer coefficient: Dittus and Boelter [9]
• Air-side pressure drop: Chang and Wang [8]
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Fig. 7.4 Performance map of compressor
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• Refrigerant-side liquid pressure drop: Blasius equation [11]
• Refrigerant-side two-phase pressure drop: Friedel [12], correction factor: 1.4
• Refrigerant-side vapor-phase pressure drop: Blasius equation [11]

7.2.3 Evaporator Modeling

The evaporator model is developed with CoilDesigner. The evaporator is a
microchannel heat exchanger. The specification of the evaporator is shown in
Table 7.2. Number of banks is two and tubes per bank are 31. The louver fin with
60° is applied. The developed models are validated with in-house data and inte-
grated with EES program. The heat transfer coefficient and pressure drop correla-
tions applied are as follows:

• Air-side heat transfer coefficient: Chang and Wang [8]
• Refrigerant-side liquid-phase heat transfer coefficient: Dittus and Boelter [9]
• Refrigerant-side two-phase heat transfer coefficient: Jung et al. [13], correction

factor: 1.3
• Refrigerant-side vapor-phase heat transfer coefficient: Dittus and Boelter [9]
• Air-side pressure drop: Chang and Wang [8]
• Refrigerant-side liquid pressure drop: Blasius equation [11]

Table 7.1 Specification of
condenser

Geometry Value Unit

Number of banks 1 EA

Tubes per bank 53 EA

Tube length 0.677 m

Tube height 0.0014 m

Tube width 0.016 m

Tube vertical spacing 0.007 m

Bank horizontal spacing 0.016 m

Unfinned tube length 0 m

Port per tube 18 EA

Port height 0.0006 m

Port width 0.0009 m

Fin spacing 0.00103 m

Fin thickness 0.00008 m

Fins per inch 22.86 FPI

Louver pitch 0.002 m

Louver length 0.005 m

Louver angle 60 degree

Fin depth 0.016 m
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• Refrigerant-side two-phase pressure drop: Jung et al. [13], correction factor:
0.95

• Refrigerant-side vapor-phase pressure drop: Blasius equation [11]

7.2.4 Data Reduction

The energy consumption of the whole system consisted of two parts: the com-
pressor power consumption and the blower power. It should be noted that the
condenser fan is used for both baseline and SD assisted MAC system, so that the
power consumption of the condenser fan is not considered.

Wbaseline ¼ Wevap;blower þWcomp ð7:1Þ

Similarly, in the solid desiccant-assisted MAC system, the energy consumption of
the whole system was calculated by taking the power consumptions of the com-
pressor and blowers in both supply air and regeneration sides into consideration.

WSD;MAC ¼ Wevap;blower þWreg;blower þWcomp þWDW ð7:2Þ

Table 7.2 Specification of
evaporator

Geometry Value Unit

Number of banks 2 EA

Tubes per bank 31 EA

Tube length 0.228 m

Tube height 0.00305 m

Tube width 0.0175 m

Tube vertical spacing 0.00865 m

Bank horizontal spacing 0.035 m

Unfinned tube length 0.004 m

Port per tube 10 EA

Port height 0.00105 m

Port width 0.001 m

Fin spacing 0.00133 m

Fin thickness 0.00008 m

Fins per inch 18.034 FPI

Louver pitch 0.002 m

Louver length 0.005 m

Louver angle 60 degree

Fin depth 0.035 m
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7.3 Modeling Results

7.3.1 Validation of Model

The developed heat exchanger models are validated with in-house experimental
data as shown in Tables 7.3 and 7.4. The heat transfer capacity and air-side pressure
drop are compared. For the condenser, the mean absolute deviation of the heat
transfer capacity is calculated as 1.6% and that of pressure drop is 10.6%. For the
evaporator, the mean absolute deviation of the heat transfer capacity is about 2.9%,
and that of pressure drop is 6.2%. Based on the validated heat exchanger models, a
database was created by a multiple-variable parametric study in CoilDesigner.

The compressor model was validated with in-house data as shown in Table 7.5.
The mean absolute deviation of the volumetric efficiency is 2.7%, and that of the
isentropic efficiency is 5.9%, which are good enough to use in VCC models.

Table 7.3 Validation results of condenser

Test QExp

(W)
QSim

(W)
Deviation
(%)

DPExp
(Pa)

DPSim
(Pa)

Deviation
(%)

1 4244 4310 1.6 24 24.7 3

2 6400 6401 0 39 36.5 −6.4

3 7948 8003 0.7 53 45.5 −14.2

4 3723 3791 1.8 18 20.8 15.7

5 5462 5538 1.4 29 30.1 3.7

6 6805 6887 1.2 37 35 −5.5

7 2864 2889 0.9 15 13.4 −10.7

8 4015 3992 −0.6 22 17.3 −21.4

9 5467 5124 −6.3 29 33.4 15

Table 7.4 Validation results of evaporator

Test QExp

(W)
QSim

(W)
Deviation
(%)

DPExp
(Pa)

DPSim
(Pa)

Deviation
(%)

1 3461 3194 −7.7 15.7 16.1 2.5

2 4565 4447 −2.6 33.3 34.2 2.6

3 5194 5113 −1.6 49 49.2 0.5

4 2830 2728 −3.6 12.7 14.5 13.8

5 3857 3760 −2.5 27.5 29.6 7.7

6 4359 4294 −1.5 41.2 41.1 −0.4

7 1806 1905 5.5 7.9 9.1 15.7

8 2577 2576 0 18.6 17.8 −4.5

9 3328 3391 1.9 29.4 31.9 8.5
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7.3.2 Simulation Results

7.3.2.1 Comparison Between Baseline and Solid Desiccant-Assisted
MAC Systems

Table 7.6 shows the simulation results of the baseline MAC system and the solid
desiccant-assisted MAC system. It should be noted that there is no reliable model of
the solid desiccant in the open literature, so that an isenthalpic process is applied for
the solid desiccant. Later, the efficiency of the solid desiccant is varied and its effect
is investigated. For the simulation, air inlet temperature and airflow rate are
maintained at constant, and supply air temperature and humidity ratios are fixed at
15 °C and 0.005414 kg�kg−1, respectively. The moisture removal for the baseline
MAC system is conducted at the evaporator, while that for the solid
desiccant-assisted MAC system is conducted at both the solid desiccant and the
evaporator. For the solid desiccant-assisted MAC system, the total evaporator
capacity is reduced because the solid desiccant handles the part of the latent
cooling. In addition, evaporation temperature can be increased so that the total work
of the compressor can be reduced significantly. However, the solid desiccant would
increase the pressure drop in the air-side, and one more fan needs to be installed in
the regeneration air-side. Therefore, the total fan power for the solid
desiccant-assisted MAC system is increased. When the solid desiccant is applied to
the MAC system, the fan power is increased from 0.22 to 0.61 kW, and the
compressor power is reduced from 2.03 to 1.27 kW. Therefore, the total system
power consumption is reduced by 26.3%.

Figure 7.5 shows the air cooling and dehumidification process in the baseline
MAC system (as shown as dotted blue line) and solid desiccant-assisted MAC
system (as shown real red line). For the baseline MAC system, hot and humid air is
cooled and dehumidified at the evaporator (1–2), and then the air is heated up at the

Table 7.5 Validation result of compressor

Experiment Simulation Deviation vol. eff. (%) Deviation isen. eff. (%)

Vol. eff. Isen. eff. Vol. eff. Isen. eff.

0.812 0.646 0.768 0.620 5.5 4.0

0.695 0.608 0.710 0.582 −2.1 4.3

0.615 0.531 0.662 0.546 −7.6 −2.9

0.856 0.603 0.836 0.592 2.3 1.9

0.790 0.591 0.788 0.559 0.2 5.3

0.738 0.557 0.749 0.527 −1.4 5.4

0.879 0.537 0.858 0.519 2.4 3.5

0.834 0.554 0.823 0.492 1.3 11.2

0.782 0.541 0.794 0.464 −1.5 14.2

0.834 0.554 0.823 0.492 1.3 11.2
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heater core heat exchanger to achieve the target temperature (2–3). For the solid
desiccant-assisted MAC system, hot and humid air is cooled and dehumidified at
the evaporator (1–2′), and then dehumidified again in the solid desiccant (2′–3).
This follows the enthalpy line so that the temperature is increased. As shown in
Fig. 7.5.

Figure 7.5, the evaporator capacity can be reduced and evaporation temperature
can be decreased. This would reduce the compressor power.

7.3.2.2 Effect of Enthalpy Gain in Solid Desiccant

Several researches are conducted for predicting the performance of the solid des-
iccant. However, it is not easy to have a general correlation. In this section, the
enthalpy gain through the solid desiccant is varied and its effect is investigated.
Figure 7.6 shows the variation of the moisture removal capacity (MRC) with solid
desiccant heat gain. As the heat gain is increased, the MRC from the solid desiccant
is decreased and the MRC from the evaporator (condensate water) is increased.
When heat gain is increased, air outlet temperature of the solid desiccant is
increased. Therefore, air has to be cooled more in the evaporator (2′ point in
Fig. 7.5). This will increase the capacity of the evaporator, so that the MRC from
the evaporator is increased as shown in Fig. 7.7. To supply same air quality, the
MRC from the solid desiccant reduces. The lesson learned from here is that heat
gain from the solid desiccant needs to be minimized to save the energy since most
of the savings are coming from the low evaporator capacity.

Table 7.6 Simulation results

Property Unit Baseline SD-MAC

Air-side Tamb °C 25 25

Tair,sup °C 15 15

VRF m3 s−1 0.1447 0.1447

Refrigerant-side Pevaporation kPa 320 395

Pcondensation kPa 1200 1200

MRCDW kg s−1 – 0.340

MRCcondensate kg s−1 0.592 0.252

MRCtotal kg s−1 0.592 0.592

Qevap kW 3.30 3.16

Qlatent kW 1.40 0.84

Qcooling kW 4.69 4.00

Wcompressor kW 2.03 1.27

Wfan kW 0.22 0.61

Wtotal kW 2.25 1.88

178 H. Lee and Y. Hwang



0 5 10 15 20 25 30 35
0.000

0.005

0.010

0.015

0.020

0.025

T [°C]

H
um

id
ity

 R
at

io

Pressure = 101.3 [kPa]       

 10°C 

 15°C 

 20°C 

 25°C 

 0.2 

 0.4 

 0.8 

 0.825 

 0.85 m
3/kg 

AirH2O

1

2 3

2'

1 to 2 (2') : Evaporator
2' to 3: Solid Desiccant
2 to 3: Reheat

Fig. 7.5 Psychrometric chart of air cooling and dehumidification process

0.1

0.2

0.3

0.4

0 2 4 6 8 10

M
R

C
 (k

g·
s-1

) 

SD heat gain (%)

Solid disccant
Condensate

Fig. 7.6 Variation of MRC
with SD heat gain

0

1

2

3

4

0 2 4 6 8 10

H
ea

t t
ra

ns
fe

r 
ca

pa
ci

ty
 (k

W
)

SD heat gain (%)

Evaporator
Solid desiccant

Fig. 7.7 Variation of
capacity with SD heat gain
(%)

7 Numerical and Experimental Investigation … 179



7.3.2.3 Effect of Air Fraction to Solid Desiccant

Figure 7.8 shows the schematic diagram of air split type solid desiccant-assisted
MAC system. This concept is initially suggested to utilize the solid desiccant effec-
tively. A damper installed next to the solid desiccant regulates the airflow rate so that
the system can operate in either the baseline MAC system or the solid
desiccant-assistedMACsystem. Figure 7.9 shows the variation of air temperature and
humidity ratios with the air fraction to the solid desiccant. As the air fraction to the
solid desiccant is reduced, the supply air temperature is increased (point 3 in Fig. 7.5).
When air is bypassing the solid desiccant, the solid desiccant should remove more
moisture to control the supply humidity. This results in the increase of the air tem-
perature. As air fraction to the solid desiccant is reduced, the capacity of the evaporator
needs to be increased to control the supply temperature and the size of the solid
desiccant should be increased. Therefore, bypassing the air is not good option.

7.3.2.4 Effect of Solid Desiccant Location

In this section, the effect of solid desiccant location is investigated. As shown in
Fig. 7.2, the solid desiccant is located after evaporator. This is designed to
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Process air-side

Damper

Fig. 7.8 Schematic of air split SD-MAC system
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maximize the performance of the solid desiccant. High relative humidity exiting
from the evaporator and entering to the solid desiccant makes it easier to capture the
moisture in the solid desiccant. In another way, the solid desiccant can be located
before the evaporator as shown in Fig. 7.10. Hot and humid air is dehumidified at
the solid desiccant first. The air exiting from the solid desiccant is cooled down at
the evaporator to the target temperature. In this configuration, the solid desiccant
only handles the latent cooling and the evaporator handles the sensible cooling. By
doing that, there is no condensate water coming out from the evaporator. These two
configurations are modeled, and their performance is compared. Evap-SD indicates
the model, in which the solid desiccant is located after the evaporator, and SD-Evap
indicates the model, in which the solid desiccant is located before the evaporator.

Table 7.7 shows the comparison between Evap-SD and SD-Evap configurations.
Evaporation pressure is increased from 395 to 446 kPa so that the pressure ratio
between the evaporation-side and the condensation-side is reduced, which results in
compressor work reduction. A solid desiccant capacity is increased by 72%, which
is shown as latent cooling capacity. As shown in Fig. 7.11, the process conducted

Evaporator

Solid Desiccant Heater Core

Regeneration air-side

Process air-side

Fig. 7.10 Schematic diagram of solid desiccant–evaporator configuration

Table 7.7 Simulation results

Property Unit Evap-SD SD-Evap

Air-side Tamb °C 25 25

Tair,sup °C 15 15

VFR m3 s−1 0.1447 0.1447

Refrigerant-side Pevaporation kPa 395 446

Pcondensation kPa 1200 1200

MRCDW kg s−1 0.340 0.592

MRCcondensate kg s−1 0.252 –

MRCtotal kg s−1 0.592 0.592

Qevap kW 3.16 3.12

Qlatent kW 0.84 1.45

Qcooling kW 4.00 4.57

Wcompressor kW 1.27 1.12

Wfan kW 0.61 0.61

Wtotal kW 1.88 1.73
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by the solid desiccant (1–2) is much larger compared to the process (2′–3). The
compressor work is reduced by 12%. Overall, the energy consumption is reduced
by 8%. It is found out that the SD-Evap configuration can reduce the energy
consumption, but the solid desiccant size needs to be increased to handle large
latent cooling capacity. The configuration can be decided based on the space
limitation, system cost, and energy saving target.

7.4 Discussion on System Configurations

In this section, possible system configurations of the solid desiccant-assisted MAC
are discussed. For the MAC application, a polymer desiccant can be applied which
can be regenerated with low temperature. Depending on the location of the DW and
components, five different DW-applied MAC systems are proposed as follows:

• SD-MAC option 1: The evaporator is located before the DW, and two fans are
installed in process air-side and regeneration air-side. Airflow for the DW is the
counterflow.

• SD-MAC option 2: The DW is located before the evaporator, and two fans are
installed in process air-side and regeneration air-side. Airflow for the DW is the
counterflow.
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• SD-MAC option 3: The evaporator is located before the DW, and only one fan
is installed in process air-side and regeneration air-side. Airflow for the DW is
the counterflow.

• SD-MAC option 4: The DW is located before the evaporator, and only one fan
is installed in process air-side and regeneration air-side. Airflow for the DW is
the counterflow.

• SD-MAC option 5: The evaporator is located before the DW, and only one fan
is installed in process air-side and regeneration air-side. Airflow for the DW is
the parallel flow.

Figure 7.12 shows the schematic diagram of the SD-MAC option 1. Two fans
are installed to operate the process air-side (evaporator-side airstream) and regen-
eration air-side (heater core-side airstream). The cooling capacity of the radiative
evaporator is obtained from the VCC. The radiative evaporator is optionally
applied. When cooling and dehumidification are required, the damper becomes “a”
mode, which directs the air to go to the evaporator. With “a” mode, outside air (or
returned air from the cabin) goes to the evaporator and DW (1–2–3–4 as shown in
Fig. 7.12). Then, cold and dry air is provided to the cabin. When heating is
required, the damper becomes “b” mode. Outside air goes to the heater core and
then provided to the cabin (1–5–3–4 as shown in Fig. 7.12). In this case, the
evaporator and DW do not work.

Figure 7.13 shows the schematic diagram of the SD-MAC option 2. Working
principle is the same as SD-MAC option 1. The difference from the SD-MAC
option 1 is the location of the DW. DW is installed before the evaporator. The
advantage of SD-MAC option 1 is that hot and humid air is cooled down at the
evaporator. Then, the air exiting from the evaporator is very humid, and in other
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Foot Vent

Face Vent
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Radiative Evaporator (Optional)

Outside Air
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To Outside
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Fig. 7.12 Schematic diagram of SD-MAC option 1
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words, the relative humidity is very high. Therefore, the DW performance can be
maximized. This means DW size can be compact. However, the air temperature
exiting from the DW is increased, since this is an isenthalpic process. In addition,
there could be a latent heat transfer in the evaporator. For SD-MAC option 2, hot
and humid air goes to the DW first, and then, hot and dry air is cooled down by the
evaporator. Since the evaporator only takes care of sensible heat transfer, con-
densate water from the evaporator can be minimized. In the MAC system, con-
densate water in the evaporator causes odor problem. Therefore, this option 2 can
significantly reduce odor problems caused by condensate water.

Figure 7.14 shows the schematic diagram of the SD-MAC option 3. This option
is similar to the SD-MAC option 1, but uses only one fan. The fan is installed to
take the outside air (or recirculated air). When cooling is required, the damper mode
is “a” mode, and the fan pushes the air to both airstreams, evaporator-side and
heater core-side. When heating is required, the damper acts as “b” mode. Then, air
exiting from the fan only goes to the heater core. For the heating mode, the fan
power can be reduced. As a same manner, the evaporator and DW do not work at
the heating mode. Figure 7.15 shows the schematic diagram of SD-MAC option 4.
The DW is located before the evaporator and the system are operated with one fan.
The working principle is the same as SD-MAC option 3.

Figure 7.16 shows the schematic diagram of the SD-MAC option 5. This option
utilizes only one fan. The airstream can be simpler than other options by applying
parallel airflow. The performance of the typical DW can be maximized by
designing counterairflow as shown in SD-MAC option 1–4. For SD-MAC option 5,
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Fig. 7.13 Schematic diagram of SD-MAC option 2

184 H. Lee and Y. Hwang



Evaporator

Heater Core

Defrost Vent

Foot Vent

Face Vent

Cabin

Radiative Evaporator (Optional)

Outside Air

D
W

To Outside

a

b

Fig. 7.14 Schematic diagram of SD-MAC option 3
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the DW performance can be degraded, which means DW size would be designed
larger than other options. However, this option does not require major modification
of the current MAC system and easily applicable.

7.5 Experimental Evaluation

In this chapter, experimental evaluation of the solid desiccant-assisted MAC is
discussed. The proposed system was built and evaluated with various operating
conditions [14].

7.5.1 Test Setup

The testing system was placed in an environmental chamber with a cooling capacity
of 35 kW. According to Rugh et al. [15], the representative temperature under
which most MAC systems in the USA are working is 25 °C. The chamber tem-
perature was set as 25 °C. Dhar and Singh [16] concluded that the energy saving in
hot and humid condition could be achieved only under high latent load conditions.
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Fig. 7.16 Schematic diagram of SD-MAC option 5
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In summer (especially rainy) times, the MAC would work under an extremely
humid condition. A chamber humidifier controlled by a PID module could produce
highly humid air near the inlet of the evaporator-side blower. In the baseline tests,
the RH sensor of the humidifier was placed before the evaporator. In the SD-MAC
system, the PID control module controlled the humidity based on the RH value of
the supply air before the solid desiccant. Since it was difficult to maintain relative
humidity higher than 90% in either baseline tests or SD-MAC tests, we assumed
that the system was working under a rainy condition if the RH in the air ranged
from 85 to 90% and kept steady for longer than half an hour.

During the baseline testing, the compressor started at 2000 RPM. The refrigerant
charged in the system was R-134a, which is widely used in automotive industry.
After the R134a mass flow rate reaches its steady state for longer than half an hour,
the rotating speed of the compressor was adjusted to achieve a target air temperature
leaving the evaporator to be around 7 °C within a range of 1.5 °C. The baseline
tests were conducted under different flow rates, and the performance of the system
was evaluated.

With a higher regeneration temperature, the moisture removal capacity of the
DW would increase. Moreover, with a higher supply temperature, the evaporating
pressure of the refrigerant would be increased, resulting in a reduced pressure ratio
across the compressor, which would lead to a lower compressor power consump-
tion when the speed of the compressor is fixed [17]. In the MAC system, the air
leaving the condenser could be the heat source of the regeneration air. In this study,
during the DW-MAC tests, the air in the regeneration side was heated up to 60 °C.

The rotating speed of the DW would influence the moisture removal capacity of
the system. For polymer desiccant, which is regenerated under a lower temperature,
the performance testing of a single DW with a thickness of 150 mm and a diameter
of 300 mm showed that the best rotating speed is near 35 RPH [18]. In this study,
since a DW of 70 mm thickness was used, the rotating speed was varied from 10
RPH to 60 RPH.

Meanwhile, in a DW-assisted MAC system, the supply air leaving the evaporator
is supposed to enter the cabin without reheating. Thus, the compressor rotating speed
was adjusted until the temperature leaving the evaporator reached 15 or 12 °C.

7.5.2 Data Reduction

In the baseline tests, the power consumption of the compressor was read from the
CAN module. The air-side capacity was calculated according to the temperature
and RH values before and after the evaporator.

Qeva;air ¼ q � VFR � heva;air;in � heva;air;out
� � ð7:3Þ

The R134a-side evaporator capacity is calculated by Eq. 7.4.
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Qeva;R134a ¼ MFR � heva;R134a;out � heva;R134a;in
� � ð7:4Þ

The energy balance between the air-side and R-134a-side was calculated based
on the air-side capacity. During the tests, the energy balance between two sides was
kept within 5%.

/ ¼ Qeva;R134a � Qeva;air

Qeva;air
� 100% ð7:5Þ

The energy consumption of the whole system consisted of two parts: the com-
pressor power consumption and the blower power. Since the radiator cooling fan is
also used for the condenser cooling in the MAC system, the power consumption of
the condenser fan is not taken into account in either MAC system or DW-MAC
system.

Wbaseline ¼ Weva;blower þWcompressor ð7:6Þ

Similarly, in the DW-MAC system, the energy consumption of the whole system
was calculated by taking the power consumptions of the compressor and blowers in
both supply air and regeneration sides into consideration.

WDW�MAC ¼ Wsup;blower þWcompressor þWreg;blower ð7:7Þ

In the DW-MAC system, it is difficult to measure directly the moisture removal
capacity of the DW. Therefore, the following approach was used to calculate the
moisture removal capacity (MRC) of the DW. As for the supply air, the temperature
and humidity ratios at the inlet of the blower and the outlet of the evaporator can be
measured. Meanwhile, the amount of condensate leaving the system was collected
in every hour. Then, the moisture removed by the DW was calculated by sub-
tracting the condensate from the total moisture removal capacity.

MRC ¼ VFR � qDW;in �
xDW;in

xDW;in þ 1

� �
� qEVA;out �

xEVA;out

xEVA;out þ 1

� ���
�Mcondensate

ð7:8Þ

The humidity ratio of the air was calculated based on the temperature and the RH
values. In addition, the condensate leaving the system was collected in every 1 h.
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7.5.3 Experimental Results

7.5.3.1 Baseline Results

In the baseline tests, the performance of the system was measured under three
different airflow rates. The results of the baseline tests are shown in Table 7.8. The
total power includes the power of the blower and compressor. It can be found from
the table that the evaporator outlet air RH, high-side pressure, condensate, air-side
evaporator capacity, and total power increase along with the airflow rate. The
low-side pressure and COP decrease with the airflow rate. The baseline result is
used later for evaluating the possible energy saving in the DW-MAC tests.

7.5.3.2 Solid Desiccant-Assisted MAC Results

The SD-MAC system was tested under 200 m3 h−1. The outlet temperature of the
evaporator was controlled in 12 and 15 °C by adjusting the rotating speed of the
compressor.

The compressor power consumption of the SD-MAC system was investigated
under a flow rate of 200 m3 h−1 as summarized in Table 7.9. The power con-
sumption of the compressor was reduced up to 52% in both 12 and 15 °C cases as
compared with the baseline. That is caused by the increased evaporating temper-
ature, which reduces the pressure ratio across the compressor. The power saving of
the DW-MAC system is shown in Fig. 7.17. It can be found that the whole system
power consumption is reduced by 20% as compared with the baseline.

Table 7.8 Baseline results
under three airflow rates

Property Unit Values

Airflow rate m3 h−1 186 192 236

Evaporator inlet air
T

°C 24 25 24.1

Evaporator inlet air
RH

% 88.7 89.5 89.1

Evaporator outlet air
T

°C 6.8 6.5 6.2

Evaporator outlet air
RH

% 87.8 82.4 92.4

Low-side pressure kPa 306.5 291 260.7

High-side pressure kPa 759.9 784.8 791

Condensate g min−1 35.8 35.3 44.8

Air-side evaporator
capacity

kW 2.77 3.19 3.57

Compressor power W 598 717 918

Total power W 706 825 1026

COP – 3.93 3.86 3.48
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The improvement in the moisture removal capacity of the SD-MAC over the
conventional MAC was also investigated. The moisture removal capacity of the
SD-MAC system under 200 m3/h and 12 °C evaporator outlet air temperature is
shown in Fig. 7.18. When compared with the baseline results, the total moisture
removal capacity increased from 35.30 to 46.7 g min−1 among which the DW
provides 25 g min−1 of dehumidification capacity. In the 12 °C tests, the average
condensate water leaving the system is 23.7 g min−1, which is 67.2% of the

Table 7.9 Compressor power consumption

DW rotating speed (RPH) Power at 12 °C (W) Power at 15 °C (W) Baseline (W)

10 570 401 717

20 570 401

30 570 401

40 570 344

Fig. 7.17 Total power
consumption comparison
(when the outlet temperature
is 15 °C in SD-MAC)

Fig. 7.18 MRC under
200 m3 h−1 tests (air cooled
down to 12 °C)
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baseline system. Figure 7.19 shows the moisture removal capacity when the tem-
perature is 15 °C. The water removed by the DW-assisted system is 43.27 g min−1

due to a slightly higher evaporator outlet temperature. The moisture removal
capacity increases by 22.5%. In the 15 °C tests, the average condensate water
leaving the system is 18.9 g min−1, which is 53.4% of the baseline system.

The influence of the rotating speed upon the moisture removal capacity of the
solid desiccant was investigated. Figure 7.20 shows the variation of the MRC with
the increased rotating speed of the DW when the flow rate is at 200 m3 h−1.
The MRC of the system increases from 21 to 24 g min−1, while the rotating speed
of the solid desiccant increases from 10 RPH to 20 RPH. After that, the MRC of the
system keeps the same at 30 RPH and 40 RPH. To further investigate the influence
of rotating speed over MRC, tests were conducted for a wider range of rotating
speed. During all these tests, the air temperature leaving the system was kept at
around 15 °C within ±0.5 °C error. The result is shown in Fig. 7.21. The MRC
shows a slight decrease when the rotating speed is at 20 RPH. After that, the MRC
keeps around 22.5 g min−1, regardless of the rotating speed ranged from 20 RPH to
60 RPH. From the result that the solid desiccant is not sensitive to the rotating

Fig. 7.19 MRC under
200 m3 h−1 tests (air cooled
down to 15 °C)

Fig. 7.20 Influence of
rotating speed of DW
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speed, the control of the wheel could be more flexible. After considering the factors
discussed, the optimal rotational speed of the wheel was determined to be 20 RPH.

In the automotive system, the condenser is installed in front of the radiator. The
air leaving the condenser is affected by weather, speed of the vehicle, heat load in
the cabin, etc. In this study, the effect of the regeneration-side air inlet humidity
ratio was investigated.

In the tests, the airflow rate was maintained at 200 m3 h−1 and the tests were
conducted under a range of humidity ratio from 8 to 14 g kg−1 (25 °C with a RH
ranging from 40 to 70%). The regeneration temperature was controlled to be 60 °C
by PID module. Since the DW dehumidification capacity is not sensitive to the
rotating speed, in the tests the DW speed was kept at 20 RPH. Figure 7.22 shows
the effect of regeneration temperature on the DW’s MRC. It shows that as long as
the regeneration temperature is the same, the polymer DW has almost the same
dehumidification capacity, regardless of the regeneration inlet humidity ratios. The
result that the performance of the polymer solid desiccant is relatively insensitive to

Fig. 7.21 Variation of MRC
with the rotating speed of the
DW
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the regeneration-side air humidity ratio would ease the integration of solid desiccant
into the MACs.

7.5.4 Discussion

One of the issues of DW operation is the air leakage between the regeneration side
and the supply air-side. In order to minimize the cross-contamination through this
leakage, the flexible gaskets were used in both sides of the DW. Moreover, the
frame of the DW was sealed from both inside and outside. The regeneration energy
required for an airflow rate of 200 m3 h−1 is near 2.3 kW. Therefore, the heat from
the radiator should be utilized to regenerate the desiccant material. Moreover, the
DW needs to be installed either inside of the cabin or engine room. These two
factors require the modification of the air duct design in the MAC system.

In this study, the cost of the DW prototype used was $540. The mass production
cost of the DW is projected to be $270. The mass of the prototype DW, 2.5 kg, is
added in the DW-MAC system. However, in the DW-MAC system, the smaller
compressor can be used. Therefore, applying the DW concept to the car would
increase its mass by about 2.0 kg. The payback period of the proposed DWMAC
system can be estimated to be 5.3 years with following assumptions. (1) A vehicle
annually consumes about 247 L of gasoline in the air-conditioning system. (2) The
DW-MAC system can reduce 20% of gasoline consumption. (3) 57 L of fuel
needed to carry over 100 kg of AC mass per 10,000, 16,300 km annual driving
distance. [19] (4) Fuel cost is $1.06 per L. This payback period could be further
shortened by mass production and cost down effort.

7.6 Conclusions

In this study, the solid desiccant-assisted MAC system was numerically and
experimentally investigated. The desiccant-assisted technology can separate the
latent heat load from the sensible heat load, which effectively increases the evap-
orating temperature and reduce the power consumption of the compressor.
The VCC model was developed and validated with experimental data and this
model was further investigated for solid desiccant-assisted MAC system. The
remarkable conclusions are summarized as follows:

• When the solid desiccant is applied to the MAC system, the total power con-
sumption is reduced by 26.3%.

• As heat gain is increased, the MRC from solid desiccant is decreased and the
MRC from the evaporator (condensate water) is increased. When heat gain is
increased, air outlet temperature of the solid desiccant is increased.
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• As air fraction to the solid desiccant is reduced, the capacity of the evaporator
needs to be increased to control the supply temperature and the size of the solid
desiccant should be increased. Therefore, bypassing configuration is not good
option.

• When SD-Evap configuration is applied, a solid desiccant capacity is increased
by 72%, and the energy consumption is reduced by 8%.

• The SD-Evap configuration can reduce the energy consumption, but solid
desiccant size needs to be increased to handle large latent cooling capacity. The
configuration can be decided based on the space limitation, system cost, and
energy saving target.

• Polymer desiccant wheel was integrated into the automotive air-conditioning
system equipped with an independent electric compressor. Tests were conducted
with both the baseline system and the SD-MAC system.

• The performances of the two systems were compared to evaluate both the power
consumption savings and dehumidification capacity improvement of the
SD-MAC system.

• The effects of rotating speed and regeneration-side inlet humidity ratio were
investigated.

• SD-MAC can reduce the whole system power consumption by 20% when the
air is cooled down to 15 °C, while the dehumidification capacity increases by
22.5%.

• As for the compressor, the power consumption is reduced by 46%. The con-
densate from the evaporator is reduced by 46.6%. The optimal rotating speed for
the energy saving is found to be 20 RPH.
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Chapter 8
Desiccant Air Handling Processors Driven
by Heat Pump

Tao Zhang, Rang Tu and Xiaohua Liu

Abstract Desiccant air handling processors (DAHP) driven by heat pump have
become more and more popular recently due to their compact size and high effi-
ciency. Both the cooling capacity from an evaporator and heat from a condenser are
utilized in these systems. How to understand these two kinds of air dehumidifi-
cation systems comprehensively is an important issue for system design and device
selection. In the present chapter, DAHP driven by heat pump (using liquid desiccant
or desiccant wheel) will be investigated. Operating principles of DAHP using
desiccants will be introduced firstly. System design principles will be proposed with
emphasis on the heat and mass transfer characteristics in DAHP. Performances of
DAHP will be analyzed and approaches for performance optimization will also be
proposed. It is expected that the present study will be useful to cast light on the
performances of DAHP using liquid desiccant and desiccant wheel and choose an
efficient air dehumidification method in the air-conditioning system.

Keywords Air handling process � Liquid desiccant � Desiccant wheel � Heat
pump � Energy performance

8.1 Introduction

Nowadays energy consumed in buildings is an important composition of the total
energy consumption in society, as well as the energy consumed by industry or
transportation. In China about 20% of the entire energy is consumed by buildings,
which is still in rapid progress with the development of economy and society [1]. In
commercial buildings, about 30–60% of the total energy is consumed by the
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air-conditioning system [1]. Air dehumidification device is an important component
of the air-conditioning system, which is more important in humid regions. It is of
great importance to improve the energy performance of air dehumidification devices
in reducing building energy consumption. In contrast to the conventional condensing
dehumidification method, air dehumidification processes using liquid desiccant
(LD) and solid desiccant including desiccant wheel (DW) are becoming more and
more popular. It is believed that the air dehumidification systems using desiccant are
with superiority in not requiring reheat, utilization of waste heat and etc.

Characteristics of liquid desiccant and desiccant material are treated as the
fundamental researches for supporting the development of air handling systems
using desiccant [2–4]. Both theoretical models [5] and experimental results [6, 7]
have been investigated intensively for the coupled heat and mass transfer processes
between air and liquid desiccant or solid desiccant. The basic principle for the air
handling processes using LD and DW is to realize humidification or dehumidifi-
cation with the help of the water vapor pressure difference between air and des-
iccant. The common aqueous solutions mainly include lithium chloride (LiCl),
lithium bromide (LiBr) and calcium chloride (CaCl2) aqueous solutions, while the
common solid desiccants include silica gel, zeolite and so on. The solution state
could be expressed by the humid air in equilibrium with the desiccant (with the
same temperature and vapor pressure). Figure 8.1a illustrates the LiBr aqueous
solution in the air psychrometric chart, where X represents the solution concen-
tration and u denotes the relative humidity. It is indicated that the iso-concentration
line of the liquid desiccant coincides with the air iso-relative humidity line. It can
reach a larger area compared to water (which is located at the 100% saturated state
of air). Similarly state of the solid desiccant could also be presented in an air
psychrometric chart, shown in Fig. 8.1b, where W indicates the water content.

The coupled heat and mass transfer processes between air and liquid desiccant in
a packed tower is illustrated in Fig. 8.2a, with the air handling process shown in the
psychrometric chart in Fig. 8.2b. Variance of the solution concentration is usually
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lower than 1% for the coupled heat and mass transfer processes between air and
solution [9]. The solution state could be regarded as almost varying along the
iso-concentration line. There could be various inlet air states relative to the solution
state, with handling results such as dehumidification or humidification.

Desiccant wheel system is the common method using solid desiccant for air
dehumidification and Fig. 8.3a presents its operating principle. Driving force for the
mass transfer process is precisely the vapor pressure (or humidity ratio) difference
between air and solid desiccant. Porous material is utilized as the substrate with
superiority in increasing the specific surface area. There is an obvious gap between
the reachable number of transfer unit NTU (equaling to the transfer ability hA
divided by the heat capacity cpm) of LD system and DW system. The air side NTU
of the DW process is significantly higher than that of the LD process at the same
volume. The specific area of DW could be as high as 2000–4000 m2/m3. For
example, the NTU for the air side is about 5–10 as the thickness of DW is about
10 cm with an air velocity of about 2 m/s. While the specific surface area the
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packing in the LD process is usually lower than 1000 m2/m3, the NTU for the air
side is only about 1–3. There are dehumidification region and regeneration region
along the circumference of the wheel. Moisture is transferred from the air to the
desiccant in the dehumidification region with the release of adsorption heat, and
from the desiccant to the regeneration air in the regeneration region. The air han-
dling process in the DW process is illustrated in Fig. 8.3b, where the air state varies
almost along the isenthalpic line. The air is usually heated to satisfy the heating
requirement for desiccant regeneration.

On basis of the performance investigation between air and liquid desiccant or
solid desiccant, novel systems and handling devices using LD or DW are also
proposed and investigated. Desiccant air handling processors (DAHP) driven by
heat pump have become more and more popular recently due to their compact size
and high efficiency. Both the cooling capacity from an evaporator and heat from a
condenser are utilized in these systems. Taking liquid desiccant as an example, the
cooling capacity is used to cool the circulating desiccant to enhance its dehumid-
ification ability and the heat is used to regenerate the desiccant.

Current researches provide sufficient basis to analyze the characteristics of air
handling process using either LD or DW. How to understand these two kinds of air
dehumidification systems comprehensively is an important issue for system design
and device selection. There is seldom study focusing on the comparable perfor-
mances of these systems, to the disadvantage of a fully understanding on DAHP
driven by heat pump. The mathematical models for LD systems and DW systems
have been built and validated in the previous studies [10, 11]. In the present chapter,
DAHP driven by heat pump (using LD or DW) will be investigated. System design
principles will be proposed with emphasis on the heat and mass transfer charac-
teristics in DAHP. It is expected that the present study will be useful to cast light on
the performances of DAHP using LD and DW and choose an efficient air dehu-
midification method in the air-conditioning system.

8.2 Air Handling Process Using Liquid Desiccant

8.2.1 Basic Handling Process and Theoretical Analysis

For air handling processor driven by heat pump using liquid desiccant, there are
different ways to utilize the condensing heat for desiccant regeneration. All the
condensing heat from the heat pump could put in the solution for regeneration.
While all the condensing heat from the heat pump could be removed by the
regeneration air rather than by the solution, and the heated air went into the
regenerator for desiccant regeneration. The issues of how to evaluate the perfor-
mances of different HPLD systems and how to pursue a process with better energy
efficiency are at the center of current research efforts. There are various kinds of
HPLD systems in which condensing heat is usually utilized for desiccant
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regeneration, and the cooling capacity of the evaporator is adopted for dehumidi-
fication. However, to obtain better mass transfer performance, previous studies have
recommended that the cooling capacity should be used to cool the inlet solution
rather than the air in the dehumidification process [9]. Accordingly, in the processes
analyzed in the present study, the evaporator of the heat pump is utilized to cool the
solution for dehumidification.

Figure 8.4a, b shows the operating schematics of two basic HPLD processes. In
these processes, an adiabatic dehumidifier/regenerator is adopted. A small part of
the diluted solution after dehumidification is sent into the regenerator, and there is
also a small amount of concentrated solution after regeneration returning back to the
dehumidifier. As the variance of the desiccant concentration is usually lower than
1% [9], the mass flow rates of these two parts of solutions circulating between the
dehumidifier and the regenerator are almost the same for these HPLD systems. The
solution heat recovery device is used for the heat recovery between the diluted
solution sent to the regenerator and the concentrated solution sent to the dehu-
midifier. The concentrated solution sent to the dehumidifier is then mixed with the
rest of the diluted solution after dehumidification and sent to the top of the dehu-
midifier with the help of a solution pump.

In contrast to the typical adiabatic process where all the solution circulates between
the dehumidifier and the regenerator, in the adiabatic dehumidifier/regenerator
investigated in the present study, most of the solution circulates only between the
packed tower and the evaporator or condenser. The major difference between Basic

FA-fresh air; SA-supply air; FA1-fresh air heated by the condenser; EA-exhaustair;
D-dehumidifier; R-regenerator; 1-compressor; 2-evaporator; 3-expansion valve;
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Fig. 8.4 Operating schematic of the HPLD air handling processes with different regeneration
modes: a Basic Type I (heat inlet air); and b Basic Type II (heat inlet solution)
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Type I and Basic Type II systems is that the condenser is used for heating different
fluids. In Basic Type I, the condenser is an air-cooled type, and the regeneration air is
heated by the condensing heat before flowing through the regenerator.
A solution-cooled condenser is adopted in Basic Type II, and the solution is heated by
the condensing heat instead of the regeneration air.

COPhp and COPsys are chosen as indexes to evaluate the performances of various
HPLD systems, calculated by Eqs. (8.1) and (8.2), respectively:

COPhp ¼ Qevap

Pcom
ð8:1Þ

COPsys ¼ Qa

Pcom þPpump
ð8:2Þ

where Qevap and Qa represent the cooling capacities of evaporator and processed air,
respectively; Pcom and Ppump indicate the power consumptions of compressor and
solution pumps involved in the handling process, respectively.

There are several key components in the HPLD systems, including the coupled
heat and mass transfer components (the dehumidifier and regenerator), the heat
pump system, the heat exchanger, etc. On basis of the theoretical models of these
key components, a system model for the HPLD process can be established. In
previous research [12], a model of this kind of HPLD system was built and the flow
chart of the calculating method was also given; to validate the system models, the
tested results and simulated results of a three-stage HPLD system were investigated,
including the supply air temperature, humidity ratio, compressor power and COPhp.
It showed that the mean relative biases between the measured and simulated results
of the HPLD device were all lower than 10% and the simulated results showed
good agreement with the measured. Thus, the theoretical models of the various
components were validated and the system models could be used to analyze the
performance of different HPLD systems.

The system simulation method helps to calculate the performance parameters of
HPLD systems. However, a simple solution for evaluating performance discrep-
ancies is still lacking. To simplify the comparison of different HPLD systems, the
current study investigates the match properties in the key components of the HPLD
systems. The unmatched coefficient based on entransy dissipation is adopted,
including the sensible heat transfer process and the coupled heat and mass transfer
processes. Dissipations occur during the heat and mass transfer processes of the
air-desiccant packed tower due to limited transfer capability, flow mismatching, and
parameter mismatching, similar to the air-water process [13].

To depict the characteristics of driving forces between air and desiccant, exergy
analysis method and unmatched coefficient are adopted as the theoretical indexes. It is
indicated that the exergy is provided by the cooling source (DEwc), heating source
(DEwh), and the regeneration air (DEea), and exergy consumption consists of two parts.
Part of the exergy is used to increase the exergy of the processed air (DEsa). The rest is
destroyed during the heat or mass transfer processes in dehumidifier/regenerator

202 T. Zhang et al.



(DEde,deh/DEde,reg) and heat exchangers (DEde,he). Thus, the exergy balance equation
of the LD system I can be written as Eq. (8.3):

DEwc þDEwh þDEea ¼ DEsa þDEde;deh þDEde;reg þDEde;HE ð8:3Þ

where the subscript wc refers to cooling source (evaporator), wh denotes heating
source (condenser), ea refers to regeneration air, sa denotes supply air, de refers to
exergy destruction, deh denotes dehumidifier, reg represents regenerator, and HE
refers to heat exchangers including solution–solution heat exchanger and air-water
heat exchanger.

The exergy of humid air at standard atmospheric pressure is the sum of thermal
exergy and humid exergy, expressed as Eq. (8.4) [14].

exa ¼ ðcp;a þxcp;vÞT0 T
T0

� 1� ln
T
T0

� �

þRaT0 ð1þ 1:608xÞ ln 1þ 1:608x0

1þ 1:608x
þ 1:608x ln

x
x0

� � ð8:4Þ

where Ra is gas constant for air; subscript R represents reference point of exergy.
The reference temperature T0 is chosen as the outdoor air temperature, and the
reference humidity ratio x0 is chosen as the saturated humidity ratio of the refer-
ence temperature [15].

As for the air handling process between air and solution, its exergy destruction
DEde is composed of the exergy destruction of sensible heat transfer (DEde,h) and
that of moisture transfer (DEde,m), calculated by Eqs. (8.5)–(8.7) [16].

DEde ¼ DEde;h þDEde;m ð8:5Þ

DEde;h ¼
Z

T0h � DTð Þ2
Ta � Ts dA ð8:6Þ

DEde;m ¼
Z

T0hvhm � DTdewDx
Ta;dew � Ts;dew dA ð8:7Þ

where A is the heat or mass transfer area; Ta and Ts are the temperatures of air and
solution (in Kelvin); Ta,dew and Ts,dew are the absolute dew point temperatures of the
air and solution, respectively; subscripts h and m of DEde represent the exergy
destructions of the heat transfer and mass transfer, respectively; DT and Dx are
temperature difference and humidity ratio difference between air and solution,
respectively; h and hm represent the convective heat transfer coefficient and mass
transfer coefficient, respectively; and hv denotes the latent heat of vaporization.

The exergy destruction of sensible heat transfer DEde,h and that of moisture
transfer DEde,m could be expressed by nh and nm further, shown as Eqs. (8.8)–(8.9),
respectively [16].
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where Q and mw represent the sensible heat exchange and the moisture exchange,

respectively; DT and DTð Þ2 are the average of ΔT and the average of ΔT2,

respectively; Dx and Dxð Þ2 are the average of Δx and the average of Δx2,
respectively; Q and m are the heat exchange amount and water transfer amount,
respectively; and k is the slope of the saturation line in a psychrometric chart, which
is simplified to a constant. nh or nm is an index describing the distribution uni-
formity of DT or Dx, which is always greater than or equal to 1 [13]. Only when the
DT or Dx is constant, i.e., the driving force for heat or mass transfer is uniform, will
nh or nm be equal to 1. The greater the value of nh or nm, the less uniform the heat or
mass transfer driving force and the higher exergy destruction with a certain input
hA.

Here, we choose a typical condition for these two basic types to investigate
system performance. The parameters of the inlet outdoor air are 32 °C, 18 g/kg, and
1.33 kg/s, and the required humidity ratio of the supplied air is 9.5 g/kg. The
circulating solute of LiBr in the dehumidifier/regenerator is 1.5 kg/s, while the
solute flowing between the dehumidifier and the regenerator is 0.2 kg/s. The input
heat transfer capacities of the key components are identical for Basic Types I and II.
For example, the UA of the air-cooled condenser in Basic Type I is equal to the UA
of the solution-cooled condenser in Basic Type II. NTUa of the air-cooled con-
denser in Basic Type I is 4.8, while NTUs of the solution-cooled condenser in Basic
Type II is 0.8. Input NTUs of regenerator, dehumidifier, evaporator and solution
heat exchanger are 2.5, 2.5, 0.8 and 3, respectively.

The typical air handling processes shown are illustrated in Fig. 8.5 in a psy-
chrometric chart, and the typical operating parameters of key components are
shown in Fig. 8.6. As indicated by Figs. 8.5a, b, the coupled heat and mass transfer
process in the regenerator of Basic Type I proceeds close to the isenthalpic line,
while the process of Basic Type II is near the iso-concentration line of the liquid
desiccant. As indicated by the simulation results shown in Figs. 8.5 and 8.6, there
are significant discrepancies in the operating performances of Basic Types I and II
due to the difference between heating the regeneration air and heating the solution.

The unmatched coefficients of key components for Basic Type I and Basic
Type II in a typical condition are listed in Table 8.1. As indicated by the match
properties of these components, the unmatched coefficients of the evaporator, the
dehumidifier, and the heat exchanger are similar for Basic Types I and II. The
unmatched coefficient of the dehumidifiers is 1.07 for these two HPLD systems,
indicating that the unmatched flow rates and parameters have a relatively limited
effect on the dehumidification process. For the condenser and regenerator, there is
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significant variation in the unmatched coefficients of Basic Types I and II. In Basic
Type I, n of the air-cooled condenser is 2.70 in this typical condition, more than two
times higher than that of Basic Type II. This means that, for the air-cooled con-
denser of Basic Type I, the heat transfer resistance caused by the unmatched flow
rates increases 170% on the basis of 1/UA. As indicated by Fig. 8.5a, the regen-
eration air in Basic Type I has to be heated to a relatively high temperature to satisfy
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Fig. 8.5 Air and solution states of the heat pump-driven liquid desiccant air handling processes
shown in a psychrometric chart: a Basic Type I; and b Basic Type II
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the requirement for desiccant regeneration before flowing through the regenerator,
which leads to a high n of the air-to-solution condenser. As a result, the unmatched
coefficient of the regenerator is 1.34, still significantly higher than that of Basic
Type II. This implies that, in order to overcome the mass transfer resistance caused
by unmatched flow rates and parameters, more heat and mass transfer capacity or a
higher heat source temperature is required in Basic Type I compared to Basic
Type II. In summary, the match properties of Basic Type II are much better than
those of Basic Type I.

The significant difference in unmatched coefficients of Basic Types I and II is
similar to the performance discrepancy between the simulated HPLD systems. The
operating parameters of the HPLD systems in this typical condition are also listed in
Table 8.1, including the evaporating and condensing temperatures of the heat
pump, COPhp, and COPsys. The evaporating temperatures (te) and the supply air
temperatures are similar for Basic Types I and II. However, the condensing tem-
perature (tc) of Basic Type I (78.8 °C) is much higher than that of Basic Type II
(51.1 °C), indicating that the condensing temperature increases due to the unmat-
ched flow rates of the air-cooled condenser. The increase of the condensing tem-
perature results in a COPhp of 1.89 in Basic Type I, lower than half of the COPhp of
Basic Type II (4.53).

As indicated by the analysis on match properties and simulated performances of
HPLD systems, the handling process along the iso-concentration line is better than
that along the isenthalpic line. And the process of heating the solution for regen-
eration is recommended over heating the regeneration air. The unmatched coeffi-
cients of key components in the HPLD systems help to evaluate the performance of
the process, providing a relatively simple and effective method to guide the con-
struction of an HPLD system. Thus, a principle for system construction is indicated
based on the match property analysis: lower unmatched coefficients (n close to 1)
mean the heat or mass transfer resistance caused by the unmatched flow rates or
parameters is lower, and the system will demonstrate better energy performance.
The unmatched coefficient based on exergy analysis can help to determine the key
issues restricting the operating performance, providing the direction for construct-
ing a better HPLD system. Compared with the system simulation method, the match
property method is more simple and feasible.

Table 8.1 System performances of HPLD systems in a typical condition (fresh air: 32 °C,
18 g/kg)

Type Unmatched coefficients n Supply
air

Performance of the heat pump cycle

Cond Reg Evap Deh tc te COPhp COPsys
Basic
Type I

2.70 1.34 1.07 1.07 23.6 °C,
9.5 g/kg

78.8 °C 16.5 °C 1.89 1.83

Basic
Type II

1.07 1.05 1.05 1.07 24.7 °C,
9.5 g/kg

51.1 °C 17.7 °C 4.53 4.17

Improved
Type II

1.07
(1.07)

1.03
(1.07)

1.05
(1.05)

1.06
(1.08)

25.2 °C,
9.5 g/kg

49.6 °C
(52.0 °C)

18.6 °C
(18.7 °C)

4.70 4.32

Cond condenser; Deh dehumidifier; Evap evaporator; Reg regenerator
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To improve the performance of the HPLD system further, grading is proposed as
an approach. Figure 8.7a gives the operating schematic of a two-stage HPLD
system (Improved Type II), and the typical air handling process is shown in
Fig. 8.7b. In contrast to Basic Type II, there are two-stage dehumidifier/regenerator
and heat pump cycles in Improved Type II. The humid fresh air flows through
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dehumidifiers D2 and D1 successively and is then dehumidified to the required
state, while the regeneration air flows through regenerators R1 and R2 step-by-step
for desiccant regeneration. The operating parameters of this two-stage HPLD sys-
tem are also given in Fig. 8.7a, with the same fresh air parameters and required
humidity ratio of the supply air analyzed previously. The unmatched coefficients of
the key components and system operating performance of this improved system are
listed in Table 8.1. The parameters in the brackets of Table 8.1 are the unmatched
coefficients and performance parameters of the second stage.

As indicated by the match properties of this two-stage HPLD system, nM of the
regenerator or the dehumidifier for the first stage is a bit lower than in Basic
Type II, but for the second stage, it is a bit higher. There is no significant difference
between the unmatched coefficients of Basic Type II and Improved Type II. The
simulated operating performances of this system confirm the results from the
analysis of match properties. The condensing temperature of the first stage in
Improved Type II is a bit lower than in Basic Type II, but that of the second stage is
a bit higher. COPhp of Improved Type II in this typical condition is 4.70, a bit
higher than that of Basic Type II. Thus, compared with Basic Type II, the grading
method (Improved Type II) leads to an improvement in the operating performance
of the HPLD system. Thus utilizing the condensing heat to heat solution for
regeneration is recommended rather than heating the regeneration air. And a
multi-stage scenario is also recommended in the HPLD system to improve the
system performance.

8.2.2 Tested Performance of Liquid Desiccant Outdoor
Air Handling Processors

For liquid desiccant outdoor air handling processors operating in summer, the
outdoor air is dehumidified in the dehumidifier and then the diluted solution is
regenerated in the regenerator. According to whether there is indoor exhaust air that
can be adopted as regeneration air, a distinction can be made between two different
kinds of outdoor air handling processors that use liquid desiccant. If there is suf-
ficient indoor exhaust air, the processor with enthalpy recovery from the indoor
exhaust air and the process of utilizing the indoor exhaust air for desiccant
regeneration could be adopted for outdoor air dehumidification. Alternatively, if
there is not sufficient indoor exhaust air to be utilized directly, outdoor air could be
adopted as the regeneration air, and a process using high-temperature chilled water
to precool the outdoor air could be constructed to improve the performance of the
outdoor air handling process. The following subsection examines the performance
of the liquid desiccant outdoor air handling processors with indoor exhaust air as
regeneration air. In such processors, the exhaust heat from the condenser is utilized
to heat the desiccant coming into the regenerator, so the air handling processes are
close to the iso-relative humidity line (rather than the isenthalpic line).
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Figure 8.8 demonstrates the operating principle of a two-stage heat pump-driven
liquid desiccant outdoor air processor operating in summer, which is composed of a
two-stage enthalpy recovery device (spray modules numbered I and II), a two-stage
dehumidifier/regenerator, and a vapor compression refrigeration cycle. In this fig-
ure, the straight lines and dashed lines stand for liquid desiccant and refrigerant,
respectively. The top channel is for the indoor exhaust air, and the bottom channel
is for the outdoor air. The outdoor air first enters the two-stage enthalpy recovery

Return air

Supply 
air

Exhaust 
air

Outdoor 
air

I II

3 4

5 67

8

III

IV’III’

III IV

9 9

9 9 9

2’’
10

2’

1

r1r2
r3

r4

a1 a2 a3 a4

100%

60%

20%

40%

80%

10

15

20

25

30

35

40

45

5 10 15 20 25 30

Te
m

pe
ra

tu
re

 (
)

a1

a2
a3

a4
Return 

air

Supply 
air

Outdoor 
air

r4
r3

r2

r1

Exhaust 
air

Humidity ratio (g/kg)

(a)

(b)

1-heat recovery module; 2-compressor; 3-condenser I; 4-condenser II; 5-evaporator I;
 6-evaporator II; 7-plate heat exchanger I; 8-plate heat exchanger II; 9-solution pump; 

10-expansion valve

Fig. 8.8 Summer operation principle of the two-stage liquid desiccant outdoor air processor with
enthalpy recovery: a operating schematic; and b air handling process

8 Desiccant Air Handling Processors Driven by Heat Pump 209



device and then flows into the evaporator-cooled two-stage dehumidification
modules (numbered III and IV) before being supplied into occupied spaces. In the
same way, the indoor exhaust air first enters the enthalpy recovery device and then
flows into the condenser-heated modules (numbered IV′ and III′) before being
exhausted to the outdoor environment. The evaporator of the heat pump is adopted
to further cool and dehumidify the outdoor air coming out of the enthalpy recovery
device to the desired supplied temperature and humidity ratio.

The liquid desiccant in this outdoor air processor is divided into two parts. One
part is stored in spray modules I and II (in Fig. 8.8) for the purpose of enthalpy
recovery, the equivalent state of which is decided by the outdoor air and the indoor
exhaust air simultaneously. The other part is stored in spray modules III, III′, IV and
IV′ to exchange heat with the evaporator and condenser, respectively. Taking the
solution circulating between spray modules III and III′ as an example to illustrate
the operating principle in summer, the solution is first cooled by the evaporator
(labeled 5 in Fig. 8.8a), and then exchanges heat and mass with the outdoor air in
spray module III, where the solution is diluted and heated. The solution heated by
the condenser (labeled 3 in Fig. 8.8a) enters spray module III′ to be regenerated.
The diluted solution and the regenerated solution are connected by solution pipes,
and a plate heat exchanger (labeled 7 in Fig. 8.8a) is adopted for the internal heat
recovery of the solution. The principle of spray modules IV and IV′ is similar to that
of modules III and III′. It is obvious that the enthalpy recovery device can efficiently
reduce the energy consumption of the outdoor air handling processor. The cooling
capacity and condensation heat of the heat pump are both effectively utilized in this
outdoor air processor. Two parallel compressors are utilized in the heat pump cycle
to operate efficiently under the partial load condition, so that the processor can have
higher energy efficiency and control accuracy at partial load.

1. Tested performance at full load (typical hot and humid condition)

Because the heat pump system in the outdoor air processor utilizes two com-
pressors working in parallel, and the solution in each stage exchanges heat with an
individual evaporator (condenser), the dehumidification requirement at partial load
can be achieved by adjusting the on–off time of these two compressors. As the
required cooling temperature of the solution is about 15–20 °C, the evaporating
temperature can be increased to about 7 °C. Meanwhile, the condensing tempera-
ture is only around 45 °C since the required heating temperature of the solution is
about 40 °C. The test results of the outdoor air processor shown in Fig. 8.8 under
the summer design condition are listed in Table 8.2. The coefficient of performance
COPair is defined as

COPair ¼ Cooling capacity of the outdoor air
Power consumption of compressor and solution pumps

ð8:10Þ

The COP of the heat pump (COPhp) in the outdoor air processor is 4.0, while
COP of the processor (COPair) is as high as 5.0.
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2. Tested performance and analysis at partial load (summer)

Based on the test results under the design condition, performance of the pro-
cessor at partial load was then tested, and the main results are listed in Table 8.3.
Since only one compressor is in operation at partial load, while the heat transfer
area of the evaporator and that of the condenser are identical, the heat transfer
between the refrigerant and the solution became more sufficient and the heat
transfer temperature differences decrease accordingly. As a result, the evaporating
temperature rises and the condensing temperature drops. As indicated by the test
results listed in Table 8.3, the evaporating temperature increases to 11 °C, while the

Table 8.2 Test results of the outdoor air processor under the summer design condition

Parameter Unit Value Parameter Unit Value

Outdoor air flow rate m3/h 4058 Exhaust air flow rate m3/h 4021

Outdoor air dry-bulb
temperature

°C 36.0 Return air dry-bulb
temperature

°C 26.0

Outdoor air humidity ratio g/kg 25.8 Return air humidity ratio g/kg 12.6

Supply air dry-bulb
temperature

°C 17.3 Exhaust air dry-bulb
temperature

°C 39.1

Supply air humidity ratio g/kg 9.1 Exhaust air humidity ratio g/kg 38.6

Evaporating temperature °C 7.0 Condensing temperature °C 45.0

Power consumption of the
compressors

kW 14.6 Power consumption of the
solution pump

kW 1.92

Outdoor air cooling capacity kW 82.7 Exhaust air heating capacity kW 101.9

Outdoor air dehumidification
rate

kg/h 80.1 Cooling capacity of the heat
pump

kW 59.0

COPair W/W 5.0 COPhp of the heat pump W/W 4.0

Table 8.3 Test results of the outdoor air processor at partial load under the summer condition

Parameter Unit Value Parameter Unit Value

Outdoor air flow rate m3/h 4058 Exhaust air flow rate m3/h 4021

Outdoor air dry-bulb
temperature

°C 30.0 Return air dry-bulb
temperature

°C 26.0

Outdoor air humidity ratio g/kg 17.4 Return air humidity ratio g/kg 12.7

Supply air dry-bulb
temperature

°C 17.3 Exhaust air dry-bulb
temperature

°C 39.1

Supply air humidity ratio g/kg 9.6 Exhaust air humidity ratio g/kg 26.6

Evaporating temperature °C 11.0 Condensing temperature °C 37.6

Power consumption of the
compressors

kW 5.8 Power consumption of the
solution pump

kW 1.43

Outdoor air cooling capacity kW 42.7 Cooling capacity of the heat
pump

kW 33.2

COPair W/W 5.9 COPhp of the heat pump W/W 5.7
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condensing temperature decreases by 7.4 °C compared to the full-load condition to
37.6 °C. Thus, COPhp and COPair increase to 5.7 and 5.9, respectively. As the
outdoor air handling processor was running at partial load for more than 70% of the
time, the comprehensive energy efficiency of this liquid desiccant processor could
be as high as 5.5.

Based on these test results, it can be seen that the heat pump-driven liquid
desiccant outdoor air processor can effectively meet the dehumidification require-
ment in summer with high comprehensive energy efficiency. The humidity ratio of
the dehumidified outdoor air can meet the demand for humidity control with the
supply air temperature around 17 °C, which could be supplied directly into the
conditioned room without further reheating or cooling. Moreover, the enthalpy
recovery modules are adopted in this process to recover energy from the indoor
exhaust air. In summary, the outdoor air processor can meet the needs of running at
full load and partial load with comprehensive energy efficiency up to 5.5.

8.2.3 Applications of Liquid Desiccant System in Buildings

Temperature and humidity independent control (THIC) air-conditioning system is
proposed as an efficient air-conditioning system [8]. Figure 8.9 illustrates the
operating principle of the THIC air-conditioning system, with an outdoor air han-
dling subsystem and a relatively high-temperature cooling source subsystem that
can separately regulate the indoor temperature and humidity, respectively. As
indoor temperature and humidity are regulated by independent subsystems, the
THIC system can satisfy the variance of the indoor heat moisture ratio. Therefore,
the THIC system can avoid the imbalance of indoor parameters, and it addresses the
conventional system’s inability to meet temperature and humidity requirements
simultaneously.

Outdoor air processor

Summer: Cooling source
Winter: Heat resource
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Personalized vent.
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Air-conditioning devices Terminal 
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humidity and CO2
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Control indoor 
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Fig. 8.9 Operating principle of the THIC air-conditioning system
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HPLD systems could be applied as the humidity control device in the THIC
system. It is responsible for dehumidifying humid air and supplying dry air to the
indoor space. There have been numerous applications using HPLD systems in
China. An office building will be taken as an example in this section.

8.2.3.1 Basic Information

A 5-story office building, as shown in Fig. 8.10, is located in Shenzhen, China, with
total building area of 21,960 m2 and the areas of 5940, 5045, 3876, 3908, 3191 m2

for the 1st to 5th floor, respectively. The main functions of the 1st floor are mess
hall, archive and carport, while the 2nd to 4th floors are the office rooms, with the
5th floor as the meeting room. And there is a vestibule vertically through up the 2nd
to 4th floors in the north of this building.

The outdoor condition in Shenzhen is rather hot and humid all through the year.
The annual outdoor air relative humidity is about 80% and humidity ratio in
summer is as high as 20 g/(kg dry air). The building requires both cooling and
dehumidification in a long period of time, and no heating and humidification
requirement in winter. Therefore, how to handle the moisture efficiently is the key
issue in such a subtropical area.

The THIC system serves from 1st to 4th floor with the net air-conditioning area
of 13,180 m2 (the total area of 18,769 m2), and the 5th floor is served by several
stand-alone air-conditioners and is not within the scope of our discussion. The
schematic of the THIC system is represented in Fig. 8.11 with the parameters of
main devices in the humidity control subsystem listed in Table 8.4.

The right side of Fig. 8.11 is the humidity control subsystem, including 9 liquid
desiccant outdoor air handling units that supply adequate dry outdoor air into the
occupied spaces. As the flow rate of the supplied outdoor air is proportional to the

 

N

Fig. 8.10 The tested office building in Shenzhen
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Fig. 8.11 Schematic of the THIC air-conditioning system

Table 8.4 Main devices of the humidity control system in the office building

Subsystem Device Rated parameters

Humidity
control
subsystem

Outdoor air
handling units

Fresh air flow rate 2000 m3/h, cooling capacity 39 kW,
power consumptiona 10 kW; for offices in the 4th floor

Fresh air flow rate 4000 m3/h, cooling capacity 83 kW,
power consumptiona 25 kW; for offices in the 4th floor

Fresh air flow rate 5000 m3/h, cooling capacity
103 kW, power consumptiona 28 kW; 2 units for the
2nd floor, and 2 units for the 3rd floor

Fresh air flow rate 8000 m3/h, cooling capacity
166 kW, power consumptiona 45 kW, for vestibule in
the 2nd floor

Fresh air flow rate 10000 m3/h, cooling capacity
196 kW, power consumptiona 45 kW, for restaurant in
the 1st floor

aIncluding power consumption of compressors, solution pumps, and fans inside the outdoor air
units
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number of people, the pollutants, CO2 and latent heat produced by human bodies
can be removed by outdoor air. The schematic of the heat pump-driven outdoor air
processors using liquid desiccant is illustrated in Fig. 8.8, which is composed of a
two-stage enthalpy recovery device and a two-stage air handling device coupled
with refrigeration cycles. LiBr aqueous solution is employed as liquid desiccant in
these air processors. The enthalpy recovery device is used to recover the energy
from indoor exhaust air to decrease the energy consumption of the outdoor air
handling process. And in the heat pump-driven air handling device, the diluted
solution from the dehumidification modules is heated by the exhaust heat from the
condenser and concentrated in the regeneration modules. Then, the hot concentrated
solution is cooled by passing through the heat exchanger and evaporator before it
enters the dehumidification modules, and lastly used to remove moisture from the
outdoor air.

8.2.3.2 Energy Efficiency of Humidity Control Subsystem

The performances of the liquid desiccant outdoor air units were tested one by one
on May 27, 2009, according to the measured flow rates, air inlet and outlet
parameters through the processor and input power of compressors, solution pumps
and fans. The tested results of seven outdoor air units are summarized in Table 8.5;
the other two processors are neglected due to the difficulty of installing the sensors.

The east side processor of the 2nd floor is a typical example for the outdoor air
unit, and its specific operation information is shown in Table 8.6. The outdoor air
flow rate was 5059 m3/h, the outdoor air parameters were 29.3 °C and 20.3 g/kg,
and the supply air parameters were 17.1 °C and 6.2 g/kg. So the cooling capacity
(Qair), calculated by energy balance equation, was 82.6 kW. The power con-
sumption of compressors together with solution pumps (Pair) inside the processor
was 17.8 kW, and the power consumption of the supply air and exhaust air fans
(Pfan) was 2.2 kW. Therefore, the performance of the outdoor air unit (COPair), the
transport coefficient of fans (TCfan) and the performance of the entire humidity
handling process (COPhum), as shown in Eqs. (8.11)–(8.13), are 4.7, 37.5 and 4.2,
respectively.

COPair ¼ Qair

Pair
ð8:11Þ

TCfan ¼ Qair

Pfan
ð8:12Þ

COPhum ¼ Qair

Pair þPfan
ð8:13Þ
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As shown in Table 8.5, the COPair of the tested seven outdoor air units were in
the range of 4.4–4.9, the TCfan of the fans were 35–40, and the COPhum of the entire
humidity handling processes were 4.0–4.4.

According to the tested data and rated parameters of the outdoor air units and
fans, the calculated cooling capacity of the entire humidity control subsystem was
773.0 kW with total inside compressors and solution pumps input power of
166.9 kW and total fans input power of 20.0 kW, so the coefficient of performance
of the humidity control subsystem (COPHUM), shown in Eq. (8.14), is 4.1.

COPHUM ¼ RQair

RðPair þPfanÞ ð8:14Þ

Similarly, on the basis of the tested data of another day, the COPHUM under the
design condition was 4.1, with the calculated cooling capacity of 915.0 kW, total
inside compressors and solution pumps input power of 194.4 kW and total fans
input power of 25.1 kW.

8.2.3.3 Energy Performance of the Entire THIC System

Calculated from the above tested data, the overall COP of the THIC system
(COPSYS) under partial load condition and design condition were 4.0 and 4.1,
respectively, as shown in Eq. (8.15).

COPSYS ¼ QCH þRQair

PCH þPCT þPCTP þPCWP þPFCUð ÞþR Pair þPfanð Þ ð8:15Þ

where QCH refers to the cooling capacity of water chiller;
P

Qair indicates the sum
of cooling capacities of outdoor air handling processors using liquid desiccant; PCH,
PCT, PCTP, PCWP and PFCU represent the power consumptions of water chiller,
cooling tower, cooling water pump, chilled water pump and FCU, respectively. Pair

and Pfan represent the power consumptions of outdoor air handling processors and
fans for air supply, respectively.

Based on the tested results of these two typical operating conditions, it is con-
vinced that the THIC system in this office building has achieved a high efficiency
with its total COP over 4.0. By comparison, the measured average coefficient of
performance of whole system in traditional fan-coil systems is usually around 3.0.
Therefore, there is a remarkable energy efficiency improvement of the THIC system
comparing with the conventional system.

Energy consumption of the THIC system was measured by the power metering
monitoring system. Figure 8.12 shows the monthly power consumption of the
system from 15 April to 15 October (apart from weekends and statutory holidays).
The total energy consumption was 425,000 kWh during the cooling season, and the
humidity control subsystem occupied 61% of the total power consumption which
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was proportional to the ratio of cooling load that the humidity control subsystem
undertook.

The annual energy consumption in unit building area and unit net
air-conditioning area of the tested THIC system were 22.6 kWh/(m2 year) and
32.2 kWh/(m2 year), respectively. However, the average energy consumption
levels of office building of the similar building envelope and occupant density
during the same time in Shenzhen were around 42–49 kWh/(m2 year) according to
the investigated results. Therefore, the THIC system in this office building achieved
noticeable energy saving in operation compared with the conventional
air-conditioning system, and the added cost can be recalled within two years.

8.3 Air Handling Process Using Desiccant Wheel

The DW, the subsidiary cooling systems and the heating devices are three main
parts of a typical DW-based air handling system. Heating devices can be electrical
heating, gas burner, solar energy, heat pump systems, etc., depending on regener-
ation temperature Tr. Tr is influenced not only by the DW, but also by the cooling
method. As for the DW, its performances are influenced by a variety of parameters,
such as the wheel’s dimensions and the structure of air channels, rotation speed,
inlet states of the air, regeneration air mass flow rate, area ratio of regeneration
section, purge section, etc. Tu et al. [17] found that, when the wheel’s structure and
working conditions are fixed, the lowest Tr can be achieved for DWs with the facial
area ratio and the air flow rate ratio of the two streams of air being both equal to 1.
In this section, performances of a one-stage system and a two-stage system with
identical heat transfer areas are compared, with particular emphasis on the required
heating source temperature. Heat pump cycle is utilized for desiccant regeneration,
and the condensing temperature is regarded as the heating source temperature.
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8.3.1 Operating Principle of the Heat Pump-Driven
Multi-stage DW System

The operating principle of the heat pump-driven multi-stage DW system is depicted
in Fig. 8.13 (taking 2-stage as an example). For the N-stage system, there are N
DWs and one heat pump system, with N + 1 condensers being used as heaters and
N evaporators being used as coolers. Taken the two-stage system in Fig. 8.13 as an
example, the operating principle are as follows. The processed air is dehumidified
by DW 1 (APin-AP1) before flowing into evaporator 1 to be cooled (AP1-AP2). After
being dehumidified by DW 2 (AP2-AP3), it is cooled by evaporator 2 (AP3-APout)
before being introduced into occupied spaces. The regeneration air is heated by
condenser 2 (ARin-AR1), humidified by DW 2 (AR1-AR2), heated by condenser 1
(AR2-AR3), humidified by DW 1 (AR3-AR4), and finally used to dissipate the extra
heat from condenser 0 (AR4-ARout) before being exhausted to the outdoor envi-
ronment. The air handling processes of the heat pump-driven one-stage and
two-stage desiccant dehumidification system are shown in psychrometric chart in
Fig. 8.14. Compared with one-stage system, during this stage-by-stage dehumidi-
fication process of the multi-stage system, the processed air is cooled down before
the temperature rises too high in the wheel. Thus, the processed air can remain in a
low temperature range, which ensures that the desiccant can stay in a low tem-
perature range. Furthermore, the desiccant water content can be relatively higher
while still reaching the same supplied air humidity ratio, and the corresponding
regeneration temperature can be reduced as well.
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Fig. 8.13 Schematic of a heat pump-driven two-stage DW cooling system
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For heat pump-driven systems, power input from the compressor is required to
transfer heat from evaporators to condensers. The coefficient of performance of this
system (COPR) is calculated by dividing the cooling capacity of the processed air
(Qc) by the power input of the compressor (Ec), as shown as:

COPR ¼ mp ipin � ipout
� �

P
¼ mp ipin � ipout

� �
Qc

Tevap
Tcond � Tevap

e ð8:16Þ

Qc is calculated by the enthalpy variance of the processed air and the mass flow rate
of the processed air ðmPÞ.

8.3.2 Performances of the Heat Pump-Driven Multi-stage
DW System

In this section, the influences of the number of stages on COPR of the heat
pump-driven DW system are investigated, with the same entire heat and mass
transfer areas for different systems. The thickness of the DW and the heat transfer
area of all the heat exchangers, i.e., evaporators and condensers are evenly divided
in the multi-stage system. The wheel’s facial area is evenly divided for dehumid-
ification and regeneration. The operating conditions and component information are
shown in Table 8.7. For all systems and cases, the DWs are operated at the opti-
mum rotation speeds. In this way, the required heat source temperatures can be
evaluated and compared.

The influences of stage number on the performances of the system are shown in
Fig. 8.15. It can be seen that, when the supplied humidity ratio is fixed at 10 g/kg,
as the increase of stage number, the change of supplied air temperature is not
obvious. However, the evaporating temperature is increasing and the condensing
temperature, which is also the heat source temperature, is decreasing. This is
beneficial for the increase of COPR, since the work of the compressor (P) is
reducing when the total heat change of the processed air (Qc) is almost constant,
according to Eq. (8.16). For one-stage, two-stage and four-stage systems, COPR are
2.41, 3.74 and 4.50, respectively.

In the next part, the reasons behind the fact that heat pump-driven multi-stage
DW system has higher performances than single-stage system will be explained

Table 8.7 Information related to working conditions, desiccant wheels, and the heat pump system

Operating conditions DW Heat pump system

Processed air: 33 °C, 19 g/kg,
0.8 kg/s
Regeneration air: 26 °C,
12 g/kg, 0.8 kg/s
Supplied air: 10 g/kg

Radius: 0.5 m
Total thickness:
0.2 m
Material: silica gel
Nu of air
channels: 2.463

Total air side NTU for evaporators
(NTUc): 5
Total air side NTU for condensers
(NTUh): 5
Thermodynamic perfectness of the
compressor: 0.5
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from the perspective of unmatched coefficients. And expressions of unmatched
coefficients in heat and mass transfer processes between air and solid desiccant are
the same as those between air and liquid desiccant expressed in Eqs. (8.8) and (8.9).

8.3.3 Theoretical Analysis Using Unmatched Coefficients

When the air is handled in the desiccant wheels and heat exchangers (i.e., evapo-
rators and condensers), there exists heat and mass transfer exergy destruction
because of the temperature and humidity ratio differences. Input power consump-
tion P can be written as Eq. (8.17) [17].

P ¼ mp epout � epin
� �þmr erout � erinð ÞþDEDW þDEHE þDEe ð8:17Þ

where DEDW and DEHE are the exergy destruction of all the desiccant wheels and all
the heat exchangers, respectively; and DEe is the exergy destruction of the com-
pressor, which is equal to T0 Qcond=Tcond � Qevap=Tevap

� �
, resulting from thermo-

dynamic perfectness ðeÞ of the compressor being lower than 1.
For the heap pump-driven multi-stage DW system, according to Eq. (8.17),

under the fixed inlet and outlet states of the processed air, when exergy destruction
decreases, P can also decrease. And it can be obtained from Eq. (8.16) that the
condensing temperature (Tcond) is reduced and the evaporating temperature (Tevap)
increases accordingly. In summary, the heat source temperature (Tcond) is deter-
mined by the required P. In order to reduce Tcond, the systems’ exergy destruction
should be reduced.
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It is indicated the factors that influence the heat and mass transfer exergy
destruction are heat and mass transfer capacities, heat and mass transfer area and
unmatched coefficient. For the cases talked about in this part, the total heat and
mass transfer area for each kind of component are identical and the total heat and
mass transfer capacities are almost the same. Therefore, unmatched coefficients are
the main performance influencing factor under different number of stages.

Figure 8.16 shows the exergy destructions under different number of stages.
Table 8.8 listed the detailed information about unmatched coefficients and heat
transfer capacities. As for the desiccant wheels, the unmatched coefficients for all
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Fig. 8.16 Effect of the number of stages on: a exergy provided by the compressor and the
regeneration air; b exergy destruction and exergy obtained by the processed air

Table 8.8 Heat and mass transfer capacities and unmatched coefficients in multi-stage desiccant
wheel systems

1-stage system 2-stage system 4-stage system

Unmatched
coefficient of
desiccant wheel

1.12
(Average)

1.10 (Average) 1.15 (Average)

Qc/kW 36.1 18.8 (Evap. 1), 13.8
(Evap. 2)

10.8 (Evap. 1), 7.6 (Evap. 2), 6.7
(Evap. 3), 5.7 (Evap. 4)

Unmatched
coefficient of
evaporators

2.53
(Average)

1.47 (Average) 1.13 (Average)

Qh/kW 19.6 (Cond.
0), 30.8
(Cond. 1)

8.8 (Cond. 0), 14.0
(Cond. 1), 17.9
(Cond. 2)

4.5 (Cond. 0), 6.6 (Cond. 1), 6.9
(Cond. 2), 7.6 (Cond. 3), 11.4
(Cond. 4)

Unmatched
coefficient of
condensers

1.47
(Average)

1.22 (Average) 1.08 (Average)

COPR 2.41 3.74 4.50
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the DWs in one system are almost the same. Therefore, only the average values are
provided.

It can be seen from Fig. 8.16 that, as the number of stages increases,
P decreases. The reduction of P mainly results from the reduction of both the
exergy destruction of the evaporators and condensers (ΔEHE) and the exergy
destruction of the compressor (ΔEe). The exergy destructions of desiccant wheels
are almost constant. It can be seen from Table 8.8 that, as the number of stages
increases from 1 to 4, the unmatched coefficients of the DW vary little. However,
those for evaporators and condensers decrease from 2.53 to 1.13 and from 1.47 to
1.08. The exergy destruction of all the evaporators (or condensers) decreases from
2.80 kW (or 3.06 kW) in the single-stage system to 1.36 kW (or 1.62 kW) in the
two-stage system, and then to 0.97 kW (or 1.23 kW) in the four-stage system.

In conclusion, for the heat pump-driven multi-stage DW systems, as the number
of stages increases, the condensing temperature, which represents the heat source
temperature, decreases; the unmatched coefficient and the exergy destruction
decrease, too. Higher COPR values can be obtained. When the number of stages is
larger than 4, the rate of improvement slows down due to the insignificant change of
the unmatched coefficient. A 4-stage system with COPR around 4.5 is preferable.

8.4 Discussion

There are similarities for air dehumidification systems using LD and desiccant
wheel (DW). The liquid desiccant and solid desiccant could both be presented in an
air psychrometric chart. They are both coupled heat and mass transfer processes
between air and desiccant. Temperature difference DT and humidity ratio difference
Dx between air and desiccant are the driving forces of heat and mass transfer
processes, respectively. States of solution and solid desiccant are influenced with
the adsorption or desorption of latent heat of vaporization. A dehumidification and
regeneration process is of the essence to complete the handling cycle using LD or
DW. Heating source is also required to provide a sufficient driving force to realize
the regeneration.

However, there are obvious distinctions between the air handling processes
using LD and DW from the perspective of driving forces and system scenarios,
which could be summarized as following.

1. Characteristics of the driving forces are different for the processes using LD and
DW. nh and nm are approaching to 1, i.e., both DT and Dx are relatively uniform
in the DW process when the facial area ratio and the air flow rate of the two
streams of air being both equal to 1. As for the LD process, the distribution of
DT or Dx is influenced by the inlet states of air and solution; nh and nm could be
approaching to 1 only when the inlet air is near the desiccant iso-concentration
line.
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2. The regeneration process in LD system is similar to that in the DW system if
heating source is adopted to heat the regeneration air. However, solution could
be heated for regeneration in the LD process attributing to the liquidity of fluid.
Unmatched coefficient is reduced to a great extent and a regeneration process
approaching to the iso-concentration line is realized, which is beneficial to lower
the regeneration temperature of liquid desiccant systems.

3. Air handling process in the DW system is always approaching to the isoen-
thalpic line. Although the driving forces between air and solid desiccant are
relatively uniform, the regeneration temperature of the DW process is fairly high
due to the isoenthalpic process. A multi-stage process using DW is helpful to
lower the required heating source temperature.

4. Besides, there are also distinctions in configurations of the air handling pro-
cesses using LD and DW. For example, a solution–solution heat exchanger
could be set in the LD process, which is responsible to recover heat between the
solutions circulating between the regenerator and the dehumidifier. Air–air heat
exchanger is recommended between the processed air out of the DW and the
inlet regeneration air, which could be used for preheating the regeneration air.
However, in DW system, desiccant material directly enters the regeneration
region or the dehumidification region after dehumidification or regeneration,
which leads to unavoidable heat and cold offset due to the rotation of DW [11].
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Chapter 9
Emerging Energy Efficient Thermally
Driven HVAC Technology: Liquid
Desiccant Enhanced Evaporative
Air Conditioning

Muhammad Mujahid Rafique, Palanichamy Gandhidasan
and Haitham Muhammad Bahaidarah

Abstract Thermal cooling using low-grade energy resources such as solar energy,
waste heat, biomass is one of the key solutions to the environmental degradation
and fast depletion of primary energy resources. Liquid desiccant-based evaporative
cooling is an environment-friendly and cost-effective alternative to the conventional
air-conditioning systems due to its energy-saving potential. The idea of a liquid
desiccant evaporative cooling system is to combine liquid desiccant dehumidifi-
cation with an evaporative cooling system in order to advance the overall system
performance and to utilize clean and renewable energy resources. In this chapter,
desiccant-enhanced evaporative cooling systems have been discussed from variety
of aspects including background and need of alternative cooling systems, concept
of desiccant-based evaporative coolers, system configurations, as well as devel-
opments of technology. The research indicates that the technology of liquid
desiccant-based evaporative cooler has a great potential of providing human ther-
mal comfort conditions in hot and humid climatic conditions at the expense of less
primary resources of energy as compared to conventional cooling systems.
Furthermore, recent developments for liquid desiccant dehumidifiers and evapo-
rative cooling technology along with future view of research in the field of des-
iccant cooling technology have been presented.
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Nomenclature

E Electric power (kW)
H Specific enthalpy (kJ kg−1)
hfg Latent heat of vaporization (kJ kg−1)
_m Mass flow rate (kg s−1)
M Moisture removal rate (kg s−1)
T Temperature (°C)

Greek Symbols

e Effectiveness (–)
x Humidity ratio (kgv kga

−1)
b Equivalent conversion coefficient (–)

Subscripts

a Air
amb Ambient
p Process
r Regeneration
s Supply

9.1 Introduction

During the operation of an air-conditioning system, latent and sensible loads need to
be controlled simultaneously to provide thermal comfort conditions. The two
components of the load are described by the sensible heat ratio which is the ratio
between sensible load to the total load. Smaller the value of sensible heat ratio, larger
the value of latent cooling load. The value of sensible heat ratio is about 0.75 for the
commonly used conventional vapor compression air-conditioning systems which
means that 75% capacity of the system is used to control the sensible load and the
remaining 25% for the latent load. Hence, the conventional cooling systems can
provide the comfort conditions only when sensible heat ratio is greater than 0.75 [1].
The value of designed sensible heat ratio can be significantly less than 0.75 for hot
and humid climates and which cannot be achieved using a conventional
air-conditioning system, and hence, thermal comfort conditions cannot be achieved.
Further, the condensate can evaporate back to the conditioned space which may
result in increased humidity level in the comfort zone [2].

Some alternative low energy consuming cooling systems which directly utilize
the thermal energy and also reduce the emission of greenhouse gases are desiccant
and absorption cooling. Among these systems, desiccant cooling is the main focus
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of many researchers for the past few years. The desiccant-based evaporative cooling
is a combination of a desiccant dehumidifier and evaporative cooler. The energy
used in this system is only to drive the fans and water pump and to regenerate the
desiccant during the regeneration process. This energy can be provided from any
low-grade thermal energy source such as solar energy, waste heat, biomass. This
system can operate on wide range of sensible heat ratios because of the individual
control of sensible and latent cooling loads.

9.2 Liquid Desiccant-Based Evaporative Cooling

In general, evaporative cooling systems are applied when the wet bulb temperature
does not exceed 25 °C frequently. The evaporative cooling units can operate with a
high coefficient of performance (COP) in dry climatic conditions. But because of
the air saturation of the surrounding air in humid climates, the effectiveness of these
cooling systems drops remarkably. That is why the individual use of evaporative
cooling is best suited for sensible cooling, while for both sensible and latent
cooling, it is used in conjunction with some other dehumidification system. The
application of desiccant-based dehumidification will allow the effective use of direct
as well as indirect evaporative coolers in hot and humid climates [3].

The liquid desiccant dehumidifier comprises of some desiccant material (salts of
halides, zeolites, etc.). A desiccant material is one which absorbs and holds water
vapor from the humid air by the process of absorption. The evaporative desiccant
cooling system comprises of a desiccant dehumidifier, a regenerator and an evap-
orative cooler. The air is dehumidified using desiccant dehumidifier, and its tem-
perature is lowered using evaporative cooler or some other sensible cooling device.
For continuous operation of the system, the desiccant dehumidifier is regenerated
by using heat energy provided by solar collectors or some other low-grade source of
energy. Some heat recovery units are also utilized to make the system more
efficient.

In desiccant-based evaporative cooling technique, latent and sensible loads are
separately removed using desiccant dehumidification system and cooling unit,
respectively. The type of cooling units used to reduce the temperature of dehu-
midified air mainly defines the type of hybrid desiccant cooling system. The
selection of the cooling unit depends on operating conditions, that is, humidity and
temperature of the air.

The liquid desiccant-based evaporative cooling systems lead to a remarkable
reduction in electrical energy consumption as compared to conventional units, and it
also reduces the number of discomfort hours inside the conditioned space. A liquid
desiccant dehumidifier using lithium bromide as liquid desiccant in conjunction with
direct evaporative cooler without the circulation of air was proposed by Oliveira et al.
[4]. The simulation results showed that this alternative novel air-conditioning system
has a great potential to replace conventional air-conditioning systems with initial cost
lower than the conventional system.
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Saman and Alizadeh [5] proposed a liquid desiccant cooling system in con-
junction with an indirect evaporative cooling system as shown in Fig. 9.1. It is a
plate-type heat exchanger (PHE) of counter-flow configuration having a number of
air–water and desiccant solution passages separated from each other using plastic
thin plates. The thin plates also provide contact surface for heat and mass transfer
between air–water and desiccant solution. Secondary air which is cooled by direct
evaporative cooler is brought in contact with the water on one side of the separating
plate. The cooled secondary air removes heat from the primary air on the other side
of the plate, thus making use of indirect evaporative cooling. This primary air is
dehumidified concurrently using desiccant solution sprayed on cross-flow contact
area. The performance of the proposed model was observed theoretically and then
experimentally under climatic conditions of Brisbane, Australia. It was found that
the effectiveness of the evaporative cooler could reach 75% for the exchanger angle
(angle made by the direction of desiccant spray with the horizontal) of 45°.

Many researchers have studied the heat and mass transfer of liquid desiccant-
enhanced evaporative cooling systems applying energy and mass balance equations
for individual components without analyzing the performance of overall system.
Radhwan et al. [6] mathematically modeled a solar-assisted liquid desiccant (calcium
chloride)-based evaporative cooling system and observed the system performance for
long-term operation under conditions of Jeddah, Saudi Arabia. System thermal ratio
(STR), desiccant replacement factor (DRF) and solar utilization factor (SUF) were
defined to observe the system performance for different conditions of weather. The
results showed that system has a good performance for hot and humid climates.
Bellemo et al. [7] numerically studied dew point evaporative cooler, also called as
regenerative indirect evaporative cooler, which is a part of desiccant cooling system
and analyzed its performance for different flow rates of air, inlet air conditions and

Secondary air
stream

Primary air 
stream

(a)
(b)

Fig. 9.1 Schematic of compact cross-flow-type plate heat exchanger [5]
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recirculation fractions. The results showed that cooling capacity of dew point evap-
orative cooler was maximized for recirculation fraction of about 0.3 and supply
conditions were mostly affected by the inlet air humidity ratio. Because of the
regenerative arrangement, dew point evaporative cooler did not require secondary air
stream as required in indirect evaporative cooler.

9.3 Advantages of Liquid Desiccant-Aided
Evaporative Cooling

The liquid desiccant cooling systems are energy-efficient, ecofriendly and
cost-effective alternative to conventional air-conditioning. The independent control
of latent and sensible loads and use of alternative energy sources for the operation
of these devices is very important factor. The major advantages of liquid
desiccant-enhanced evaporative cooling technology in comparison with the con-
ventional cooling systems are:

• It can be used for hot and humid climates because evaporative cooling alone is
not feasible for such conditions.

• A lot of energy can be saved as compared to vapor compression cycle because
no reheating is required.

• Environment-friendly system because of no use of refrigerant which affects the
ozone layer.

• Separate and better control of sensible and latent loads. The liquid desiccant
dehumidifier controls the latent part and the evaporative cooler controls the
sensible load.

• The overall system has low maintenance cost because it operates at almost
atmospheric conditions.

• Low-grade energy such as solar, waste heat, and biomass can be effectively used
to drive the system.

• The concentrated liquid desiccant can be stored in an uninsulated tank.
• Heat exchanger can be used for precooling and preheating the desiccant

solution.
• Small pump is required for circulation of fluid.

The above-mentioned advantages of desiccant technology over conventional
units are causing a fast development in this technology and its applications are
spreading in both residential and industrial sectors. Jiang et al. [8] also compared
liquid desiccant cooling system and conventional air-conditioning systems which
are listed in Table 9.1.
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9.4 Basic Principle and Types of Evaporative Cooler

Evaporative cooling is an energy-saving, cost-effective, simple and environment-
friendly air-conditioning technique. These systems are suitable for dry and high-
temperature climatic conditions [9] and can be used as direct contact evaporative
cooling unit, indirect contact evaporative cooling or as combination of both.
Technologies which make use of evaporative cooler to cool down the air without
adding moisture content to it are commonly known as indirect evaporative cooling.
In the indirect evaporative system, the process air stream does not interact directly
with the cooling fluid stream rather it is cooled sensibly. The cooling process inside
an indirect evaporative cooler is represented on psychrometric chart shown in
Fig. 9.2. The temperature of air is lowered using some type of heat exchange
arrangement in which primary air is cooled sensibly using a secondary air stream.
The secondary air is cooled using water. In the indirect evaporative cooling system,
both dry and wet bulb temperatures of the air are lowered. The indirect evaporative
cooling has an efficiency of 60–70%. The schematic and flow arrangements inside
the indirect evaporative cooler are shown in Figs. 9.3 [10] and 9.4, respectively.

In direct evaporative cooling system, moisture is added to the cooled air stream
because process air comes in direct contact with the cooling water. In direct
evaporative cooling system, the temperature of the process air is lowered because of
the high moisture content in the air. That is why direct evaporative cooler is only
suitable for hot and dry climates, and for hot and humid climates, indirect evapo-
rative cooler is preferred. The wet bulb temperature is an important parameter for
the performance of direct evaporative cooler. The effectiveness of a well-made

Table 9.1 Comparison between different cooling techniques [8]

Parameter Mechanical vapor
compression

Evaporative
cooling

Desiccant-based evaporative
cooling

Cost of operation High Low Low

Input energy
resource

Electricity, natural gas Low-grade
thermal energy

Low-grade energy, e.g., solar
energy, waste heat

Latent load
control

Average Low Accurate

Sensible load
control

Accurate Accurate Accurate

Quality of indoor
air

Average Good Very good

System
installment

Average Average Slightly complicate

Emission of
greenhouse gases

High Low Low

Market potential Dominate the
air-conditioning
market

Limited
application

Immature technology with
limited application
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direct evaporative cooler reaches an effectiveness of approximately 85% [11]. Both
the schematic and psychrometric processes of the direct evaporative cooler are
shown in Fig. 9.5. The ambient air comes in direct contact with the sprayed water
which decreases the temperature of the supply air and adds moisture content to it as
shown in the psychrometric chart.

9.5 Liquid Desiccant Materials

A desiccant material attracts the water vapor toward itself, and these materials are
used where air of low dew point is needed. The strength of a liquid desiccant can be
measured by its equilibrium vapor pressure, which is water vapor pressure that is in
equilibrium with liquid desiccant material. The vapor pressure exponentially
increases with the temperature of the desiccant and also increases as the water is
absorbed by the desiccant, that is, equilibrium vapor pressure will be higher for a
dilute liquid desiccant than for a concentrated one [12]. A good desiccant should
have the following properties:

• Large saturation absorption capacity
• Low regeneration temperature
• Low viscosity

Sensible cooling
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Fig. 9.2 Cooling process representation of indirect evaporative cooler on psychrometric chart
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• High heat transfer
• Nonvolatile
• Non-corrosive
• Odorless
• Non-toxic
• Nonflammable
• Stable
• Inexpensive

Surface tension plays important role in static holdup and surface wetting of heat
and mass exchanger of liquid desiccant system.

The earliest used liquid desiccant is triethylene glycol, but its use is limited
because it has high viscosity which causes system operation unstable because of

Cross flow plate 
heat exchanger

Water spray nozzles

Primary air inlet
Primary air outlet

Secondary air outlet

Secondary air inlet

Fig. 9.3 The schematic of the indirect evaporative cooler [10]
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liquid residence. They are low toxic and compatible with most of the metals, but all
glycols are volatile because of very low surface vapor pressure, and some of it
evaporates with air into the conditioned space which sometimes makes them
unacceptable for air-conditioning applications [13]. The dew point temperature of
air by using a solution of triethylene glycol (96%) and water (4%) can be achieved
with lithium chloride (LiCl) solution concentration of 42% by weight. But at
equilibrium point, the molar concentration of the glycol in the air will be in the
order of 1% that of the water vapor which means annual loss of triethylene glycol in
air-conditioning applications will be very high.

Salts of halides such as LiCl and LiBr can dry air to 15 and 6% relative
humidity, respectively, but these salts are naturally corrosive. LiCl is a very good
desiccant because at ambient conditions, it will not vaporize and it has low viscosity
which reduces the required pumping power, but its mixing with the process air must
be avoided. Halide salts are relatively expensive in nature [13].

Another alternate of low-corrosive and nonvolatile desiccants is salts of weak
organic acids such as potassium or sodium formate and acetate. Potassium acetate is
less expensive, and it can dry air up to 25% relative humidity, but its viscosity
becomes very high. At a temperature of 27 °C and concentration of 70% by weight,
potassium acetate has a viscosity of about 28 cp (0.028 Pa/s), but LiCl solution of
concentration of 43.l% by weight at the same temperature has almost half of that
viscosity [14]. Although potassium formate is a relatively weaker desiccant as

Secondary air Primary air Secondary air

Exhaust

Wet surfaces

Cold surfaces

Aluminum
Plates

Water

Fig. 9.4 Flow arrangement inside indirect cooler
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compared to LiBr or LiCl, it has the ability to dry the air below 30% relative
humidity and it can be a good alternative desiccant for many applications [15].

From the various liquid desiccants, some figures of merit can be developed for
the selection of suitable desiccant. These figures of merits are listed in Table 9.2
[16]. The term heat of mixing or differential heat of solution represents the amount
of heat liberated by absorption of water into a solution of desiccant at a fixed
composition. A relatively low heat of mixing is desirable. Parasitic power losses
represent the pumping power required for the circulation of desiccant solution.
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Fig. 9.5 Direct evaporative cooler a schematic diagram, b psychrometric representation
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9.6 Liquid Desiccant Dehumidifier

The liquid desiccant dehumidifier comprised of a desiccant material which removes
moisture from the air by the process of dehumidification. Different desiccant
materials attract the moisture from the air at different capacities. The commonly
used desiccant materials are calcium chloride, lithium bromide and lithium chloride.
The desiccant dehumidifier is regenerated using the heat. Several researchers used
solar energy as the input source for regeneration of desiccant dehumidifier. The
process of dehumidification and regeneration of a desiccant is illustrated in Fig. 9.6
[17]. The desiccant removes moisture from the air (1–2), and desiccant is regen-
erated by removing moisture from it using hot air (2–3). During process (3–1),
desiccant is cooled down again. Solar energy can be used effectively to provide heat
for regeneration.

The application of a desiccant dehumidification unit is for transfer of mass and
heat between process air and the desiccant solution. For a high performance, liquid
desiccant dehumidifiers should have the following characteristics:

Table 9.2 Weighing factors and figures of merit for desiccant selection [16]

Characteristics Weighting factor Figure of merit

Safety 1.0 Lethal dose (LD50)

Corrosion 0.8 Corrosion rate

Mass transfer potential 0.8 Equilibrium vapor pressure

Heat of mixing 0.6 Energy/kg of absorbed water

Cost of desiccant 0.5 Cost/100 kg of solution

Heat transfer potential 0.5 Thermal conductivity

Parasitic power losses 0.3 Viscosity

Fig. 9.6 Dehumidification
and regeneration process of a
desiccant [17]
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• High rates of mass and heat transfer.
• Low pressure drop of the process air stream while passing through the

dehumidifier.
• Small liquid side resistance to moisture diffusion.
• Large surface contact area per unit volume.
• In order to avoid corrosion, the dehumidifier should be made of a material

compatible with the liquid desiccant. The material should be inexpensive too.
• There should be no liquid desiccant carryover with the process air.

Liquid desiccant dehumidifiers are classified as adiabatic and internally cooled.
The air directly contacts with the desiccant solution in the adiabatic dehumidifiers,
while in internally cooled dehumidifiers apart from the contact between two
streams, desiccant solution is cooled down using some cooling medium to increase
the system performance.

9.6.1 Adiabatic Dehumidifiers

One of the adiabatic dehumidifiers, namely packed bed dehumidifier, is the main
focus of most of the researchers. Fumo and Goswami [18] modeled a packed bed
dehumidifier for heat and mass transfer using packing of polypropylene having a
volumetric surface area of 210 m2/m3 and experimentally measured its performance
with LiCl solution. They concluded that because of the high surface tension,
solution of LiCl did not wet the packing uniformly. An empirical formula for
estimation of fraction of bed wetted surface area was developed, and the perfor-
mance results of the theoretical model were found in good agreement with the
measured results.

Liu et al. [19] used structured packing with a solution of LiCl for estimation of a
cross-flow desiccant dehumidifier performance. They presented the experimental
results in terms of rate of moisture removal and the dehumidifier performance for
various values of desiccant flow rates, air flow rates, desiccant and air inlet tem-
perature, desiccant inlet concentration, and specific humidity of inlet air.

Liu and Jiang [20] presented an analytical solution for the coupled heat and mass
transfer for a packed bed system by using the assumptions of minimal change in
desiccant concentration and Lewis number of one. The results of analytical solu-
tions are closely in agreement with exact numerical solutions and with experimental
data.

Jain and Bansal [21] used empirical relations to predict the performance of
packed bed dehumidifiers comprising of three different liquid desiccant materials
(CaCl2, LiCl and triethylene glycol). It was found that the value of dehumidifier
effectiveness varies from 10 to 50% or more. The results also showed that more
comprehensive empirical models are required for better estimation of liquid des-
iccant dehumidifier performance.
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Katejaneken et al. [22] experimentally studied a liquid desiccant (LiCl) venti-
lation preconditioning system. The results showed that the system can reduce the
relative humidity by about 11%, while the temperature remains almost equal to the
ambient air temperature. It has also been found that evaporation rate remains always
greater than the absorbed moisture by the liquid dehumidifier which makes the
system well feasible for continuous operation.

Seenivasan et al. [23] investigated the effect of different parameters such as
desiccant concentration, desiccant solution temperature, desiccant and air flow
rates, and relative humidity on the effectiveness of liquid desiccant dehumidifier
using CaCl2 as the desiccant material. The optimum values of these parameters
were found for high effectiveness of dehumidifier under the following operating
conditions: desiccant temperature 25 °C, concentration 40%, desiccant flow rate
2.25 kg/m2 s, air flow rate 1 kg/m2 s and relative humidity (RH) 85%.

Gommed et al. [24] experimentally measured the performance of packed bed
heat and mass exchangers using LiCl solution. The copper and polypropylene tubes
were used as contact surfaces in the dehumidifier. The results showed that the
copper tubes are more active to corrosion while in contact with the desiccant
solution, and on the other hand, wetting is much difficult while using polypropylene
tubes. Then, the researchers employed adiabatic packed beds of 285 m2/m3. The
results showed that dripping of LiCl solution over the packing with suitable drop
size to avoid carryover of the desiccant is better than spraying.

Chen et al. [25] used four cross-flow packed bed dehumidifiers with 42–48% (by
weight) LiBr solution to conduct a field test for liquid desiccant cooling system.
The air flows in series through all the four beds. The flow of air and the desiccant
was in counter flow so that the air can flow in direction of increasing desiccant
concentration through the bed. Hot water at about 69 and 73 °C was used as
regeneration sources for the desiccant. The obtained results showed that the unit had
an average COP of 1.5.

So’Brien and Satcunanathan [26] proposed a liquid desiccant cooling system
with simultaneous dehumidification of air and regeneration of desiccant solution
without using any mechanical circulation. The proposed system consists of two
chambers made of stainless steel. One chamber is dehumidifying chamber, and the
other one is regenerating chamber. The chambers are interconnected by two pas-
sages. The upper passage is filled with porous material, and lower one is unfilled. In
order to avoid the mixing between the air flowing over the surface of the solution in
the dehumidifying chamber and that in the regenerating chamber, the both cham-
bers are filled with liquid desiccant to the level where the porous material is
completely submerged. The COP of the system was found in the order of 0.3 even
at lower regeneration temperature of 50 °C which makes the use of solar energy
feasible for the continuous operation of the system.

The adiabatic dehumidifiers are widely used for commercial as well as residential
cooling applications because it allows large contacting area between air and desiccant
with simple configuration. The heat and mass transfer efficiency of these dehumidi-
fiers is very high, but it causes a large pressure drop on process air side while flowing
through the packing material. Another drawback of these dehumidifiers is the
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desiccant temperature increase during removal of moisture from the process air which
decreases the dehumidifier performance and in turn air temperature and humidity
cannot be controlled efficiently. Also, for complete wetting of packingmaterial and to
avoid desiccant solution temperature to rise, the flow rates should be high in packed
bed dehumidifiers. The condition of complete wetting can be fulfilled at low desiccant
flow rates by the addition of surfactants to the desiccant or by increasing surface
energy of the packing by different treatments. However, again in order to keep the
desiccant at low temperature, a high flow rate will always be required.

9.6.2 Dehumidifier with Inner Cooling

In order to avoid the above problems associated with the adiabatic dehumidifiers
and to remove heat generated inside the dehumidifier, dehumidifier with inner
cooling is gaining attention, as shown in Fig. 9.7. These are good alternative in
which high wetting of surface as well as lower temperature of desiccant solution
can be achieved without high flow rates and desiccant droplets carryover as well as
the higher pressure drop can be avoided. During the dehumidification, the
embedded cooling coils in the packing material removes heat from the dehumidifier
and the outer insulation layer serves to prevent transfer of heat from outside air to
the dehumidification unit. Scalabrin and Scaltriti [27] simulated a dehumidifier with
internal cooling and heated regenerator of an open processed summer
air-conditioning system. At a low temperature of liquid desiccant, more moisture
can be absorbed because of low vapor pressure.

Strong solution in

Weak solution out

Cooling water in

Cooling water out

Fan

Air in Air out

Fig. 9.7 Schematic diagram of dehumidifier with inner cooling
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The embedded cooling coils in the consecutive plates of the packing layers are
another possible configuration for inner cooled dehumidifier to remove the heat
during moisture removal process. In order to increase the desiccant and air con-
tacting area, corrugated plates can be used instead of consecutive plates [28]. Yoon
et al. [29] proposed dehumidifier with different channels with one for the flow of air
and desiccant solution and the other for the flow of cooling water or cooling air.

The droplet carryover from liquid desiccant dehumidifiers in which halide salts
are used is a dangerous and discouraging issue for air-conditioning applications.
This problem can be eliminated by using internally cooled dehumidifiers which can
work at relatively very low flow rates.

An internally cooled conditioner does not require high thermal capacitance of the
desiccant to lower the desiccant temperature during absorption, but for complete
wetting of the packing, still high flow rate is required. Coil- or tube-type dehu-
midifiers are rarely used with halide salts desiccants because of corrosion and high
cost. Figure 9.8 shows an internally cooled/heated liquid desiccant dehumidifica-
tion system [30]. The system uses LiCl as desiccant material and water as cooling
fluid. It was concluded that temperature of the desiccant solution plays a major role
in the system performance. Humidity of air, flow rate of air, solution concentration
and flow rate of solution also significantly influence the performance of the system.

Khan and Sulsona [31] presented an internally cooled desiccant dehumidifier in
which solution of LiCl is uniformly sprayed over evaporator coil bundle as shown
in Fig. 9.9. The desiccant and air flow in counter-flow arrangement. The cooling
and dehumidification of outside air are achieved by direct contact of air with the

Air

Desiccant solution

Heating fluid

Heat 
Exchanger

Heat 
Exchanger

Heat 
Exchanger

Fresh air
Process air

Regenerator 

Cooling fluid

Dehumidifier

Fig. 9.8 Schematic of internally cooled/heated liquid desiccant dehumidification [30]
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desiccant solution on the coil surface. The weak desiccant solution is collected in a
sump underneath the tube bundle. The effect of desiccant temperature and process
air temperature on the system performance was analyzed in this study.

9.7 Performance Parameters

The primary purpose of the desiccant dehumidifier is to dehumidify the air. The
dehumidification capacity is represented by moisture removal which is the amount
of water desorbed from the process air by the desiccant. Moisture removal capacity
of the desiccant dehumidifier can be written as:

M ¼ _mp � ðxa;in � xa;outÞ ð9:1Þ

Latent effectiveness of the dehumidifier is given as:

e ¼ ðxa;in � xa;outÞ
ðxa;in � xa;outidealÞ ð9:2Þ

where xa;out ideal represents the ideal specific humidity ratio. Assuming that at this
point, air is completely dehumidified, xa;outideal ¼ 0.

Dehumidification coefficient of performance (DCOP) is another parameter used
to represent the desiccant dehumidifier capacity to dehumidify the air. For the
different mass flow rates of process and regeneration air, DCOP is given as:

Fig. 9.9 Schematic of spray-type internally cooled dehumidifier [31]
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DCOP ¼ _mp � hfg � ðxa;in � xa;outÞ
_mr � ðhr � hambÞ ð9:3Þ

A higher DCOP indicates a better system performance because the energy input
to the regeneration air is utilized in a better way or less heat is being used to heat up
the desiccant.

The sensible energy ratio (SER) is also used when evaluating the desiccant
dehumidifier. The SER can quantify additional sensible load to be handled by some
additional cooling mechanism at the downstream such as an evaporative cooling or
a vapor compression cycle. The SER is given by:

SER ¼ _mp � ðTa;out � Ta;inÞ
_mr � Tr � Tambð Þ ð9:4Þ

For better dehumidification performance of the desiccant system, the value of
SER should be lower. The higher value of SER means more cooling load on the
cooling device because of higher temperature of process air at exit of desiccant
dehumidifier. Lower values of SER mean that the desiccant dehumidifier is creating
a lower sensible cooling load, which indicates better performance of the system.

The cooling provided by the desiccant system is defined as cooling capacity. The
difference in enthalpy between outdoor and supply air is used to represent overall
cooling capacity because it includes both sensible and latent loads.

Cooling capacity CCð Þ ¼ _mpðhamb � hsÞ ð9:5Þ

The overall performance of the system is represented by COP.

COP ¼ CC

Ethermal þ ðEcool þEpumpingÞ
b

ð9:6Þ

where b is equivalent conversion coefficient of electric power and thermal energy
and its value is taken as 0.3 [32].

The ratio between the CC and electrical energy consumption is given by elec-
trical coefficient of performance (ECOP), while ratio between CC to consumption
of thermal energy is represented by thermal coefficient of performance (TCOP).

ECOP ¼ CC
Ecool þEpumping

ð9:7Þ

TCOP ¼ CC
Ethermal

ð9:8Þ
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9.8 Developments of Liquid Desiccant-Enhanced
Evaporative Air-Conditioning

9.8.1 Developments of Liquid Desiccant Dehumidifier

The desiccant solution must be cooled before it is pumped to the desiccant dehu-
midifier, but temperature increase in liquid desiccant solution as it absorbs moisture
will reduce the heat and mass transfer potential between air and desiccant solution.
This problem may lead to the lower overall performance of the single-stage
dehumidification system. To overcome this adverse temperature increase, the idea
of multistage liquid desiccant dehumidifier was presented by Jiang et al. [8]. In this
system, several desiccant dehumidifiers are connected in series as shown in
Fig. 9.10. The desiccant solution is cooled in every stage of the dehumidifier
separately, to increase the overall system performance. On the other hand, instead
of cooling/heating the solution internally in each stage of dehumidifier, the system
performance can be improved by cooling/heating the desiccant solution using some
external auxiliary cooling/heating medium [33]. Li [34] studied and compared
irreversible losses for multistage dehumidifier and conventional single-stage
dehumidifier.

Xiong et al. [35, 36] observed an increase in the system COP from 0.23 to 0.72
by using a two-stage novel liquid desiccant cooling system. On the process side, the
air is first dehumidified in the first dehumidifier using solution of CaCl2, and then,
in the second dehumidifier air is further dehumidified by solution of LiCl up to the
desired humidity of air. Kumar et al. [37] carried out the performance analysis of

Weak 
desiccant 

out

Fan

Strong 
desiccant 

in

Heat 
exchanger

Cooling 
water in

Cooling 
water out

Fig. 9.10 Multistage liquid desiccant dehumidifier [8]
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falling film liquid desiccant dehumidifier operating on two new liquid desiccant
cycles (multi-absorber cycles) and found that performance of the system is
improved significantly by using these cycles.

The parallel-plate membrane modules can be used as air-to-air heat and mass
exchanger. Figure 9.11 [38] shows parallel-plate membrane module used as liquid
desiccant dehumidifier. The flow channels were created by keeping the equal
spacing between the membrane modules. The desiccant solution and air flow
through the flow channels in counter-flow arrangement. The desiccant solution
absorbs the moisture from the air through the membrane, eliminating the problem of
desiccant carry over.

A flat-plate internally cooled dehumidifier using water as the cooling fluid is
shown in Fig. 9.12 [39]. Cooling water is circulated through the polypropylene
double plates. The air flows upward, and desiccant solution flows downward across

Membranes

Duct sealing

Air outletAir inlet

Solution inlet

Solution outlet

Fig. 9.11 Structure of a parallel-plate membrane module [38]
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the polypropylene plates. For uniform flow of the desiccant solution, a desiccant
distributer is provided on top of each plate.

Cheng [40] developed a liquid desiccant dehumidifier using fin-plastic tube heat
exchanger. The developed system has great potential for corrosion prevention and
can be used as internally cooled/heated dehumidifier/regenerator. Kim et al. [41]
investigated the annual operating energy performance of a desiccant-based evap-
orative cooling-assisted 100% outdoor air system. The proposed system shows
operating energy savings of 82% over the conventional cooling system during the
summer, and 54 and 37% in the winter and the intermediate season operations,
respectively. A new energy-efficient refrigeration system subcooled by liquid
desiccant dehumidification and evaporation was proposed by She et al. [42].
Results show that the proposed refrigeration system achieves significantly higher
COP than conventional vapor compression refrigeration system. The maximum
COPs of the hybrid systems using hot air and ambient air are 18.8 and 16.3%,
respectively, higher than that of the conventional vapor compression refrigeration
system under varied conditions.

Rotary liquid desiccant dehumidifier is another possible configuration which
provides the research community with practical and reliable liquid desiccant rotary
dehumidification system [43]. As desiccant dehumidifier is the most crucial com-
ponent of the desiccant cooling system, it has a significant effect on overall system
performance. The rotary liquid desiccant dehumidifier is a rotary wheel of radius
R and width L. The rotor consists of number of identical narrow slots uniformly
distributed over its cross section as shown in Fig. 9.13. The slots are covered with
porous media impregnated with solution of liquid desiccant. The wheel has separate
sections for the flow of process air and regeneration air. One-fourth portion of the
wheel is regenerating the desiccant, and three-fourths are for process air. These two
streams of air flow in counter arrangement.

Fig. 9.12 Internally cooled vertical flat-plate dehumidifier [39]. a Side view; b inner view
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9.8.2 Developments in Evaporative Cooling Research

Because of the increasing interest and significant potential of the technology,
various methods of evaporative cooling have been investigated by many
researchers. Recently, evaporative-based air-conditioning units are not commonly
used as small household units. Alonso et al. [44] developed a universal heat and
mass transfer model for design and optimization of indirect evaporative coolers.
The results of detailed numerical study showed that transfer of heat from gas–liquid
interface is determined by the latent heat transfer.

Jain and Hindoliya [45] tested a regenerative evaporative cooler. It was devel-
oped by adding water-to-air heat exchanger in the path of outgoing air stream from
the direct evaporative cooler. It was found that the COP and efficiency of the unit
increase 20–25% because of the higher cooling capacity of regenerative evaporative
cooler. Kulkarni and Rajput [46] theoretically analyzed the performance of
two-stage evaporative cooler for the climatic conditions of Bhopal, India. The
results showed that for the air flow rate of primary air 0.3–1.25 kg s−1, the effec-
tiveness of indirect evaporative cooler varied from 0.95 to 0.82. For the two-stage

Slots

Porous media

Fig. 9.13 Schematic of rotary liquid desiccant dehumidifier [43]
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combined operation, saturation efficiency varied between 121 and 107% and
cooling load capacity from 5.06 to 20.50 kW as compared to saturation efficiency
of 89–64% and cooling capacity of 3.18–16.6 kW for single-stage direct evapo-
rative cooling. The temperature obtained at the outlet of the cooler lies between
22.5 and 24.6 °C for ambient dry bulb temperature and relative humidity of 39.9 °C
and 32.8%, respectively. Maclaine-Cross and Banks [47] developed a model for
wet surface heat exchangers which can be used to predict the performance of
different types of evaporative coolers. The results showed that by using such a heat
exchanger, the proposed regenerative evaporative cooling unit has excellent overall
performance.

Bisoniya et al. [48] presented a model for modified indirect evaporative cooler
and compared results of theoretical and experimental thermal analysis. The pre-
sented model is shown in Fig. 9.14 which is a cross-flow heat exchanger with one
fluid mixed and other unmixed. The results showed that theoretical model presented
can be used to predict the performance of the modified indirect evaporative cooler.
The results also showed that the evaporative cooler had best performance in hot and
dry climatic conditions. The evaporative cooling technology is under process of
development. Some important steps need to be taken for development of this
technology are summarized in Table 9.3.

Room Cross flow heat 
exchanger
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Supply fan

Outdoor 
air

Sensible heat

Latent heat

R
ecirculation of exhaust 

hum
id air

Exhaust to atmosphere Exhaust air

Exhaust fan

Return air

Water pump

Fig. 9.14 Schematic diagram of modified indirect evaporative cooler [48]
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9.9 Best Use of Desiccant-Based Cooling Technology

The liquid desiccant-based evaporative cooling technology can first be targeted for
commercial buildings rather than residential buildings because of high energy and
financial payback in hot and humid climatic areas. The combination of recent
advances in desiccant materials and the evaporative cooling technology must be
used to design cheaper, reliable and compact cooling systems. The conditions for
the best use of desiccant-based evaporative cooling are illustrated in Fig. 9.15,

Table 9.3 Needed R&D for desiccant-based evaporative cooling technology

Topic Actions to be taken

Technology development ∙ Development of different tools and software for modeling
∙ Collaborative partnership between desiccant-based evaporative
cooling manufacturers, the HVAC industry and researchers
need to be established

Field testing and
performance mapping

∙ Additional field trials to be conducted
∙ Performance maps development for different climatic
conditions and operating parameters

Tools and software ∙ Simulation software tools should incorporate evaporative
cooling technologies

•Latent/total cooling load ratio is ≥ 30%
•High levels of outdoor air make up required in building
•High building occupancy

Moisture levels are high

•High electrical demand charges
•Low grade thermal energy easily available
•Heat recovery options available

Potential costs savings are significant

•Hospital operating rooms
•Avionics repair laboratories
•Museums 
•Munitions storage

Tight control over moisture levels is required

•Ice Arenas (fogging)
•Hospitals (bacteria)
•Hotels/Apartments (moisture damage)
•Food Stores (freezer case moisture)

Moisture is problematic to interior spaces such as:

Occupant comfort cannot be compromised

Fig. 9.15 Conditions for the best use of desiccant-based evaporative cooling
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whereas typical applications and benefits for desiccant dehumidification are listed in
Table 9.4 [49].

9.10 Future View of Research in the Field of Desiccant
Cooling Technology

The major drawbacks of desiccant cooling technology are the lack of knowledge
about system performance, low familiarity, high investment cost and cost/benefit
ratio. This technology is relatively immature in terms of production scale as
compared to the conventional cooling systems. Furthermore, the environmental,
economic and social impacts which are related to this technology need to be
investigated, and a clear understanding and knowledge of these issues should be
addressed.

Table 9.4 Typical applications and benefits for desiccant dehumidification

Application Benefits of desiccant dehumidification

Supermarket ∙ Energy savings through reduced refrigeration display compressor loads
∙ Fewer defrost cycles in refrigerated display systems
∙ Eliminates condensation on display cases
∙ Customer comfort in frozen food aisles

Ice rinks ∙ Energy savings through reduced latent loads
∙ Less ice resurfacing
∙ Eliminates fogging
∙ Reduced building maintenance

Refrigerated
warehouse

∙ Energy savings through reduced latent loads
∙ Eliminates temperature fluctuations
∙ Reduces workplace hazards (slick and icy floors)

Hospital operating
room

∙ Eliminates perspiration of surgeons
∙ Eliminates fungal amplification in ductwork
∙ Eliminates condensation in operating room

Movie theater ∙ Increased customer comfort
∙ Allows increased ventilation in response to ASHRAE Standard 62
∙ Increases useful life of seats and carpets that are damaged by the
presence of high moisture levels

School ∙ Reduced health risks associated with airborne infectious agents
∙ Decreased levels of indoor CO2

∙ Lower energy costs

Fast food
restaurant

∙ Allows increased ventilation in response to ASHRAE Standard 62
∙ Increased customer comfort
∙ Lower energy costs

Hotel ∙ Increased customer comfort
∙ Allows increased ventilation in response to
∙ Increases useful life of wallpaper, tapestries and carpets that are
damaged by the presence of high moisture levels
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The desiccant cooling technology should be converted into products which are
market attractive. In the last ten years, significant progress has been made in the
basic components of desiccant technology. In the future, desiccant systems are
likely to expand their range of applications. Trends which suggest this conclusion
include:

• Increased competition among desiccant manufacturers.
• Basic advances in desiccant materials, with resulting improvements in system

COP.
• The current trend to increase the amount of fresh air used in buildings.
• Recognition of the harmful effects of excess humidity on indoor air quality,

building furnishings, and structural elements.

9.11 Conclusions

The liquid desiccant-enhanced evaporative cooling system is relatively a new
technology and is a good alternative for conventional mechanical vapor compres-
sion air-conditioning system especially in hot and humid climatic conditions but
less familiar as compared to conventional cooling system. In this chapter, the recent
works on liquid desiccant-based evaporative cooling and its various applications are
presented. Also, a basic working principle of desiccant-enhanced evaporative
cooling cycle is provided. Standardizations, legislations, public awareness and
regulations are the main issues need to be focused for such cooling systems. The
main concluding remarks are outlined as follows:

• The evaporative cooling system becomes less efficient in hot and humid climatic
conditions. Under these conditions, evaporative cooling system can be operated
in conjunction with desiccant dehumidifier with high efficiency.

• The main advantage of a liquid desiccant-based evaporative cooling technology
is its ability to control latent and sensible load separately.

• As a working principle, a direct evaporative cooling system adds moisture to the
process air, while an indirect evaporative cooling system provides only sensible
cooling to the supply air without adding any moisture. This feature makes
indirect systems more attractive than direct evaporative cooling systems.

• In modified evaporative cooler, the air can be cooled to the temperature lower
than the temperature achieved by indirect or direct evaporative cooler without
disturbing the humidity of the air.

• Low-grade thermal energy such as solar, biomass can be effectively used for the
continuous operation of the desiccant-based evaporative cooling system.

• To improve the characteristics of a single desiccant material such as to improve
its absorption capability and to lower its regeneration temperature, a number of
composite desiccant materials have been developed.
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• Desiccant dehumidifier is the heart of a liquid desiccant cooling system which is
mostly of adiabatic type or inner cooled. The adiabatic-type dehumidifier
requires high flow rates for complete wetting of the surface which causes des-
iccant carry over. This problem of required high flow rates and carry over can be
avoided by using inner cooled dehumidifier.

• Internally cooled dehumidifiers can substantially advance the performance in
comparison with adiabatic dehumidifiers.

• The corrosive nature of a desiccant can be dealt with very low flow rate of the
desiccant both in the dehumidifier and the regenerator. To operate the system at
these low flow rates, continuous cooling of the desiccant in the dehumidifier is
required which has been carried out by many researchers by proposing different
configurations of inner cooled dehumidifiers.

• More field work is required to design and specify liquid desiccant cooling
systems which can comfortably replace the conventional air conditioners.
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Chapter 10
Application of Desiccant Cooling
to Trigeneration Systems

Kwong-Fai Fong and Chun-Kwong Lee

Abstract The application of trigeneration systems as distributed power sources to
reduce carbon dioxide emission and energy consumption is getting increased
consideration in recent years. Desiccant cooling is deemed to be effective in han-
dling the latent load in hot and humid weather. Hence, in this study, performance
evaluation is made for gas-engine-primed trigeneration systems with desiccant
cooling when applied to a reference office building, hotel building and sports center
under the sub-tropical climate. In all cases, both the primary energy consumption
(PEC) and carbon dioxide emission (CDE) can be reduced. The maximum saving in
PEC occurs when applied to the sports center which exceeds 17%, while the saving
in CDE is the highest for use in the hotel building which reaches nearly 33%. The
results highlight the application potential of desiccant cooling in trigeneration
systems.

Keywords Desiccant cooling � Trigeneration � Gas engine � Primary energy
consumption � Carbon dioxide emission

10.1 Introduction

To relieve global warming, the reduction in energy consumption is one of the key
issues. While the energy demand may not be able to be decreased in view of the
consideration of economic and/or population growth, the more efficient utilization
of energy becomes a very important direction of research and development. The
enhancement of the power generation efficiency of course is direct and effective
mean, but this can be a very time-consuming process in large power plants. In this

K.-F. Fong (&) � C.-K. Lee
Division of Building Science and Technology, City University of Hong Kong,
Tat Chee Avenue, Kowloon Tong, Hong Kong
e-mail: bssquare@cityu.edu.hk

C.-K. Lee
e-mail: chunklee@cityu.edu.hk

© Springer Nature Singapore Pte Ltd. 2017
N. Enteria et al. (eds.), Desiccant Heating, Ventilating,
and Air-Conditioning Systems, DOI 10.1007/978-981-10-3047-5_10

257



regard, distributed power generation in district or even building level is a suitable
alternative. In particular, trigeneration systems, which recover the waste heat from
the prime movers for providing cooling and/or heating in buildings, offer extra
energy saving potential due to the better utilization of the fuel energy. In fact, the
combined efficiency of trigeneration systems can exceed 80% as compared to less
than 50% for common power plants.

There are currently different kinds of thermal cooling technologies available.
These include the absorption chiller, the adsorption chiller, the ejector cooling cycle
and the solid/liquid desiccant cooling system. Desiccant cooling is beneficial for
treating fresh air which yields a higher coefficient of performance as compared to the
other thermal cooling technologies with similar driving temperature level, in par-
ticular applied to tropical/sub-tropical regions. Various published researches can be
found in the literature. Intini et al. [1] investigated the performance of a solid
desiccant cooling cycle coupled with auxiliary cooling and heating coils for sensible
cooling and heating. The driving heat and the electricity required by the auxiliary
vapor-compression chiller and pumps are provided by a polymer electrolyte fuel cell.
The weather profiles of three European cities were considered, but it was found the
resulting primary energy savings were limited. Angrisani et al. [2] also adopted a
similar desiccant cooling system but without evaporative coolers which was primed
by a gas engine. The resulting fuel energy saving ratio was 7.7% with 15.3%
reduction in carbon dioxide emission when applied to a lecture room in Italy. The
corresponding payback period was nearly 17 years. Badami et al. [3] as well as
Badami and Portoraro [4] investigated the performance of a gas-engine-primed
trigeneration system which utilized a liquid desiccant cooling cycle. The best pri-
mary energy saving was around 12% with a payback period of around 7 years based
on presumed operating profiles of the trigeneration system. Angrisani et al. [5, 6]
studied experimentally the performance of a solid desiccant cooling system primed
by a gas engine. They found that both primary energy saving and carbon dioxide
emission reduction could be achieved at higher outdoor temperature and humidity
ratio, affirming that desiccant cooling is suitable in hot and humid climates. Nayak
et al. [7] tested a liquid desiccant cooling system primed by a gas engine for use in a
four-storey office building in the USA. They remarked that the primary energy
saving was around 4% at rated conditions. Gao [8] analyzed a diesel-engine-primed
trigeneration system for use in an industrial park in China. Both the liquid desiccant
dehumidification system and absorption chiller were employed as thermal cooling
equipment. Through performance evaluation at design conditions, the introduction
of the liquid desiccant dehumidification system improved the energy utilization
coefficient, energy saving ratio as well as the energy saving ratio by 20, 14 and 5%,
respectively, while the payback period was shortened by more than 2 years. Zaltash
et al. [9] considered a micro-turbine-primed trigeneration system with combined use
of solid desiccant cooling cycle and absorption chiller. They concluded that the use
of the solid desiccant system increased the overall efficiency of the integrated system
by 5–7%. Casas and Schmitz [10] investigated a gas-engine-primed solid-
desiccant-cooled trigeneration system coupled with ground heat exchangers for
convective and radiative cooling of a three-storey office building in Germany.
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Auxiliary boiler was adopted for the convective and radiative heating of the building.
They commented that 70% reduction in primary energy consumption could be
achieved in case electric chiller was used in place of the ground heat exchangers. Liu
et al. [11] studied the performance of a gas-engine-primed trigeneration system
which employed a liquid desiccant dehumidification cycle and absorption chiller as
well as auxiliary vapor-compression chiller for use in an office building in China.
Thermal and desiccant storage were also provided. It was found that the adoption of
storage reduced the capacity of auxiliary chiller and desiccant dehumidifier by more
than 40% with a year-round reduction of carbon dioxide emission by 40%.
Meanwhile, the payback period was around 2 years.

So far in the above research works, the integrated system performances of
trigeneration systems with desiccant cooling were disseminated; however, the
independent performance of desiccant cooling was not addressed. About the scope
of study, only one type of building was considered each time. Hence, in this study,
the merits of employing desiccant cooling in trigeneration systems are analyzed and
compared when applied to various building types based on the weather conditions
of sub-tropical Hong Kong. Gas engines are adopted as the prime movers of the
trigeneration systems. Three types of buildings, namely office, hotel and sports
center are considered with different loading characteristics. The solid desiccant
cooling cycle is used to pre-treat the fresh air, while the conventional
vapor-compression chiller handles the system sensible load.

10.2 System Description

Figure 10.1 shows the schematic diagram of the trigeneration system considered.
Here, two sources of waste heat are collected from the gas engine, namely the
engine jacket and the exhaust flue gas. A single regenerative water circuit is adopted
which connects the two waste heat sources in series through two heat exchangers.
The recovered waste heat is then used to provide desiccant cooling, space heating
and water heating where applicable. Respective heat exchangers are added to
separate the regenerative water from the space heating water and the potable water.
Individual auxiliary heaters are included for space heating and water heating which
ensure that the water temperature for space heating and water heating can reach the
design level. An auxiliary water cooler is required to provide the necessary cooling
in the engine jacket in case the demand of waste heat from desiccant cooling/space
heating/water heating is low. To minimize the duty of the auxiliary water cooler, the
regenerative water will bypass the exhaust heat exchanger when the auxiliary water
cooler is in operation.

The solid desiccant cooling unit, which comprises a desiccant wheel, a regen-
erative coil and a rotary heat exchanger, is used to dehumidify the fresh air. The
treated fresh air is then mixed with the return air and fed into the supply air cooling
coil which provides the necessary sensible and latent cooling from the auxiliary
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vapor-compression chiller. Additional fresh and exhaust air fans are needed to cater
for the pressure drop of the fresh and exhaust air across the desiccant wheel, the
regenerative coil and the rotary heat exchanger.

Figures 10.2, 10.3 and 10.4 show the floor layouts of a reference office building,
hotel building and sports center for use in the present study. The office building
consists of 30 storeys and the hotel building is 20-storey high. Meanwhile, the
sports center has only single storey. Each floor of the office building is divided into
three zones, namely the exterior zone, the interior zone and the lift lobby. For the
hotel building, five zones are adopted, namely the east guestroom zone, the west
guestroom zone, the south guestroom zone, the lift lobby and the housekeeping
zone. Only two zones are used for the sports center, namely the indoor games hall
and the back of house. Fan coil units are used to provide air-conditioning for the
office and hotel buildings, while air handling units are employed for the sports
center. Space heating is required for the external zone of the office and the gue-
strooms of the hotel only. Meanwhile, hot water for bathing and washing is to be
supplied for the hotel building and the sports center.

10.3 System Specification

To size the gas engine and other equipment of the trigeneration system, the design
electricity, cooling and heating demands of the various building types considered
have to be determined first. The local design guidelines [12], which specify the
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Fig. 10.1 Schematic diagram of a gas-engine-primed trigeneration system incorporating a solid
desiccant cooling cycle
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intensity and profiles of the different building loads, are followed where applicable.
For the air-conditioning systems of the office and hotel buildings, the design indoor
conditions for cooling are 24 °C and 54% RH, while that for heating is 20 °C.

Fig. 10.2 Typical floor
layout of the office building

Fig. 10.3 Typical floor
layout plan of hotel building
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Regarding the sports center, the design cooling condition is 22 °C and 60% RH.
Table 10.1 summarizes the internal loadings of the various building types adopted
in the study.

The TRNSYS [13] simulation software together with its TESS library [14] is
employed to determine the air-conditioning profiles and hence the design cooling
and heating loads based on the weather data of typical meteorological year of
sub-tropical Hong Kong [15]. The design regenerative water supply temperature is
90 °C in view of the normal temperature level of the engine jacket water and the
fact that a single regenerative water circuit is adopted. The capacity of the desiccant
cooling unit is then determined based on a regenerative air temperature of 85 °C
leaving the regenerative coil. The flow rates of the exhaust air fans are taken as 90%
of those for the fresh air fans. A constant temperature effectiveness of 0.8 is adopted
for the rotary heat exchanger. The 1-D model proposed by Zhang et al. [16] is
employed for the desiccant wheel. Here, it is assumed that individual desiccant
cooling unit is provided for each floor of the office and hotel buildings. Table 10.2
shows the respective design parameters of the trigeneration systems for the various

Fig. 10.4 Floor layout plan
of sports center

Table 10.1 Summarized building loads of the various building types

Loading type Office Hotel Sports center

Maximum
occupancy

8 m2/person 2 persons/room 3 m2/person at games hall and 4 m2/
person at back of house

Maximum
lighting load

20 W/m2 18 W/m2 17 W/m2 at games hall and 13 W/m2

at back of house

Maximum
equipment load

10 W/m2 900 W/room N.A.

Fresh air flow 8 L/s/person 30 L/s/room 13 L/s/person at games hall and 8
L/s/person at back of house

Maximum
occupancy

8 m2/person 2 persons/room 3 m2/person at games hall and 4 m2/
person at back of house
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building types. It can be found that the desiccant cooling cannot handle all the
system latent load. Hence, part of the system latent load and the whole system
sensible load are to be fulfilled by the vapor-compression chiller through the supply
air cooling coil.

The sizing of the gas engine is based on the design electrical demand of the
building. Otto cycle is adopted for modeling the gas engine as detailed by Fong and
Lee [17]. The gas engine is to be fueled by natural gas (assumed to be pure
methane). Part-load control is provided for the gas engine which modulates the fuel
injection rate according to the electricity demand of the building. As the perfor-
mance of the gas engine deteriorates substantially at a low part-load ratio, a min-
imum part-load ratio is adopted when the gas engine is in operation. In view of this
and to allow more flexible operation for the vapor-compression chiller system,
multiple units for the gas engine and the vapor-compression chiller are employed
where applicable as shown in Table 10.3. Since the required chiller capacity of the
sports center is small, only one unit is offered. The use of three gas engines for the
hotel building is based on the consideration that at least one gas engine is in
operation under the minimum part-load ratio throughout the year. As the electricity
demand of the office building and the sports center at midnight is very low, the gas
engines are switched off during that period of time and the electricity demand is
then fulfilled by the power grid. This also applies to the office building during the
holidays. The respective control logic and sizing of the auxiliary equipment can be
found in Fong and Lee [17].

Table 10.2 Summarized design parameters of the trigeneration systems for the various building
types

Design parameter Office Hotel Sports center

Design system sensible load per floor (kW) 108 54.0 179

Design system latent load per floor (kW) 78.8 35.5 327

Design desiccant cooling load per floor (kW) 58.6 29.0 230

Total design supply air flow rate of building (m3/s) 204 68.8 14.7

Total design fresh air flow rate of building (m3/s) 52.1 17.0 6.37

Design chiller total capacity (kW) 3846 1210 393

Design total regenerative heat demand (kW) 1196 392 151

Design total space heating demand (kW) 1230 491 0

Design total water heating demand (kW) 0 404 231

Design building total electrical demand (kW) 2518 1033 159

Table 10.3 Summarized configurations of the trigeneration systems for the various building types

Office Hotel Sports center

No. of gas engines 2 3 2

No. of vapor-compression chillers 2 2 1

No. of desiccant cooling units 30 20 2
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10.4 Methodology of Analysis

To investigate the benefit of applying desiccant cooling in trigeneration systems,
year-round dynamic simulations are performed using TRNSYS based on a simu-
lation time step of 6 min. TRNSYS adopts a component-based platform for
building a system. It offers many standard components such as the multi-zone
building, the vapor-compression chiller, the fan and pump, the cooling tower, the
heat exchanger, the cooling and heating coil, the auxiliary heater and the auxiliary
water cooler which are required for the trigeneration system. For the desiccant
wheel and the gas engine, new components are developed which determine the
equipment performance by interpolating through external performance data files
generated by using the models from Zhang et al. [16] and Fong and Lee [17],
respectively. For the office and hotel buildings, it is assumed that the system per-
formance on each floor is the same and that the behaviors of the guestrooms on the
same direction of the hotel building are also identical.

The total primary energy consumption (PEC) and the carbon dioxide emission
(CDE) are taken as the parameters to assess the energy and environmental merits of
the respective trigeneration systems in comparison with the corresponding con-
ventional systems in which all space cooling is provided by vapor-compression
chillers. Here, the thermal efficiency and carbon dioxide emission index of the grid
electricity is taken as 36% and 0.7 kg/kWh of generated electricity according to the
major local power company [18] and guidelines [19]. Besides, the overall perfor-
mance of the trigeneration system can also be represented by energy utilization
factor (EUF) as defined by

EUF ¼
_Wout þ _Qdc þ _Qsh þ _Qwh

mfLHVf
� 100 % ð10:1Þ

Here, _Wout is the power output of the gas engine, _Qdc, _Qsh and _Qwh is the waste
heat recovered for desiccant cooling, space heating and water heating, respectively.
Meanwhile, mf is the fuel injection rate and LHVf is the lower heat value of the fuel.

10.5 Results and Discussions

Table 10.4 summarizes the year-round performances of the conventional and tri-
generation systems for the various building types investigated. Here, the gas engine
generator electrical efficiency (GEE) is also included for reference. A higher GEE is
noted for use in the office building due to the much higher design capacity of the
gas engines with reference to reviewing Tables 10.2 and 10.3. It can be found that
the percentage reduction in PEC and CDE are the lowest which measures 3.8 and
21.3% when the trigeneration system with desiccant cooling is used in the office
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building. This can be explained by the fact only part of the available waste heat is
utilized by the desiccant cooling as reflected by the lowest EUF (less than 50%) of
the trigeneration system, bearing in mind that the demand for space heating is very
limited for the office building. The use of the trigeneration system in the sports
center yields the highest EUF which exceeds 80%. The main reason is that the fresh
air ratio of the air-conditioning system in the sports center is the largest which is
over 43% according to Table 10.2. Hence, the offered ratio of the desiccant cooling
capacity to the total system cooling load (sensible plus latent) is also the highest as
found in Table 10.2. In this regard, the required capacity of the auxiliary
vapor-compression chiller can be smaller. Another reason is the high
water-heating-to-power ratio. However, the lower GEE of the gas engine (due to the
much smaller design capacity) impairs the energy and economic merits of the
trigeneration system used in the sports center. In fact, the percentage reduction in
PEC is only 17.4% which is slightly higher than that achieved for use in the hotel
building. Meanwhile, the percentage saving in CDE is the highest for the trigen-
eration system applied to the hotel building which reaches nearly 33%.

Figures 10.5, 10.6 and 10.7 compare the change in the monthly total PEC and
CDE between the conventional and trigeneration systems for the various building
types considered. The profiles for the PEC generally resemble those of the CDE in
all the cases investigated. For the trigeneration system used in the office building,
the reduction in PEC is minimal between November and April inclusive, while the
maximum saving occurs during the peak-load season in summer. On the other hand,
the saving in CDE is comparatively stable throughout the year. Both the PEC and
CDE reach the peak values in August. For the trigeneration systems used in the
hotel building and the sports center, substantial reductions in both the PEC and
CDE can be found in the whole year. However, unlike the case for the office
building, both the PEC and CDE are the highest in July for use in the hotel
building, while it is still August in the sports center.

Table 10.4 Summarized year-round performances of the various systems considered

Case Averaged
GEE (%)

Averaged
EUF (%)

Total PEC
(MWh)

Total CDE
(Ton)

Office, conventional N.A. N.A. 23362 5887

Office, trigeneration 39.8 49.1 22480
(#3.8%)

4634
(#21.3%)

Hotel, conventional N.A. N.A. 13733 3357

Hotel, trigeneration 36.7 66.2 11404
(#17.0%)

2252
(#32.9%)

Sports center,
conventional

N.A. N.A. 2197 517

Sports center,
trigeneration

35.3 81.6 1814
(#17.4%)

367
(#29.0%)
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So far in Table 10.4, the EUF refers to the entire trigeneration system according
to Eq. (10.1). Hence, the role or significance of the desiccant cooling may not be
easily compared among the various building types. As such, an energy utilization
factor for desiccant cooling (EUFdc) is specifically employed as defined by

EUFdc ¼
_Qdc

mfLHVf
� 100 % ð10:2Þ

EUFdc represents the proportion of fuel input energy that is utilized by the
desiccant cooling. Figure 10.8 shows the variation of the monthly-averaged EUFdc

for the three types of buildings considered. It is evident that for the trigeneration
system used in the sports center, the desiccant cooling offers the highest utilization
of the fuel energy. The situation is the worst when applied to the office building
although the averaged EUFdc is only mildly lower than that of the trigeneration
system used in the hotel building. Indeed, the fresh air ratios of the air-conditioning
systems in the office and hotel buildings are very close to each other. The sub-
stantially higher averaged EUF, PEC and CDE reductions for the hotel building are
mainly attributed to the much higher heating demand. Nevertheless, the above
analyses demonstrate the energy and environmental merits of applying trigeneration
system with desiccant cooling to various types of buildings in the sub-tropical Hong
Kong.
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10.6 Conclusions

The benefits of applying desiccant cooling to trigeneration systems were investi-
gated in which a solid desiccant cooling unit was employed to treat the fresh air and
handle part of the latent cooling load, while the conventional vapor-compression
chiller was used to meet the remaining cooling demand. A gas engine, fueled by
natural gas, was adopted to provide the electricity required by the building with the
recovered waste heat from the engine jacket and exhaust flue gas used to regenerate
the desiccant wheel. Three types of buildings, namely office, hotel and sports
center, were considered for use in the sub-tropical Hong Kong. The energy and
environmental merits of the trigeneration systems involved were assessed when
compared with the conventional ones.

Through year-round dynamic system simulations using TRNSYS, it was found
that both the reductions in primary energy consumption and carbon dioxide
emission could be achieved for all the building types considered, which ranged
from 3.8 to 17.4% and 21.3 to 32.9%, respectively. The saving in primary energy
consumption was the highest for use in the sports center in which the fresh air ratio
as well as the waste heat utilization were also the largest among the three building
types investigated. Meanwhile, the reduction in carbon dioxide emission was the
highest for use in the hotel building. The results demonstrated the application
potential of desiccant cooling in trigeneration systems for various building types, in
particular those with substantial latent cooling load and heating demand. Desiccant
cooling can perform better than the other type of heat-driven cooling equipment,
such as absorption or adsorption chiller, in trigeneration system if room humidity
control is essential to the building operation.
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Chapter 11
Application of Desiccant Heating,
Ventilating, and Air-Conditioning System
in Different Climatic Conditions of East
Asia Using Silica Gel (SiO2) and Titanium
Dioxide (TiO2) Materials

Napoleon Enteria, Hiroshi Yoshino, Akashi Mochida, Akira Satake,
Ryuichiro Yoshie, Rie Takaki and Hiroshi Yonekura

Abstract This chapter shows the numerical investigation of the developed solar–
DHVAC system applied in the East Asian climatic conditions with two different
desiccant wheel coating materials—the Silica Gel (SiO2) and the Titanium Dioxide
(TiO2). The system was applied in temperate climate (Beijing and Tokyo), sub-
tropical climate (Taipei and Hong Kong) and tropical climate (Manila and
Singapore). The study showed that the specification of the solar–DHVAC system
varies depending on the climatic conditions. In the comparison of the two materials,
it was found that the TiO2 can support lower indoor temperature and humidity ratio
than the SiO2 with the same specification of the solar thermal system and DHVAC
system. In general, the solar–DHVAC system can provide the required indoor
temperature and humidity ratio. However, for the hot and humid climate such as in
tropical, large size of the solar thermal system is needed. In addition, higher vol-
umetric flow of air to support the high cooling load is required.

This chapter is a modified version of our paper [1].
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Keywords Solar energy � Desiccant dehumidification � Evaporative cooling �
Silica Gel � Titanium dioxide � East asia

Nomenclature

CP Specific heat (kJ/kg-K)
DHVAC Desiccant heating, ventilating and air-conditioning
DCOP Desiccant coefficient of performance (-)
E End
EA Exit air
EF,1 Electric energy consumption of fan 1 (kJ)
EF,2 Electric energy consumption of fan 2 (kJ)
EH,1 Electric energy consumption of heater 1 (kJ)
EH,2 Electric energy consumption of heater 2 (kJ)
EOP Off-peak electric energy consumption (kJ)
EP Peak electric energy consumption (kJ)
EP,1 Electric energy consumption of pump 1 (kJ)
EP,2 Electric energy consumption of pump 2 (kJ)
h Moist air enthalpy (kJ/kg)
HCon Latent heat of condensation (kJ/kg)
ICur Electric current (A)
m Mass flow (kg/s)
OA Outdoor air
OPEC Off-peak electric energy consumption (-)
PA Processed air
QCL Cooling load (kJ)
QH,1 Thermal energy supplied by electric heater number 1 (kJ)
QH,2 Thermal energy supplied by electric heater number 2 (kJ)
QLE Latent energy (kJ)
QL,1 Thermal energy load number 1 (kJ)
QL,2 Thermal energy load number 2 (kJ)
QSC Solar energy collected (kJ)
QSE Sensible energy (kJ)
RA Return/room air
S Start
SF Solar fraction (-)
SCOP System coefficient of performance (-)
SHR Sensible heat ratio (-)
t Time (s)
T Temperature (°C)
TCOP Thermal coefficient of performance (-)
U Over-all heat transfer coefficient (W/m2K)
Vol Electrical voltage (V)
X Humidity ratio (kgH20/kgAir)
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Subscripts

A Air
CE Cooling effect
CL Cooling load
Col Collector
I Inlet
O Outlet
OA Outdoor air
SA Supply air
1..12 State points

11.1 Introduction

With respect to the building energy consumption, in Japan, building energy con-
sumption is increasing even with the decreasing population [2]. In China, the rapid
economic development resulted in urbanization and human demand for better
thermal comfort [3]. In Taiwan, energy consumption is high with problem of energy
resources [4]. In Hong Kong, several studies had been conducted to lessen the
energy consumption particularly in the building sector [5]. In the Philippines, rapid
increase in energy consumption is abreast with improving economy [6]. In
Singapore, some measures to address building energy consumption become ave-
nues for investigation [7]. Therefore, energy conservation through utilization of
alternative energy resources and development of new technologies is imperative to
lessen the problems of energy and environment [8]. Solar–DHVAC system is a
potential alternative cooling system due to its capability in the utilization of free
solar energy [9] and application of natural sorption dehumidification process [10].
Several studies have been conducted on the potentials of the solar–DHVAC system
in many regions of the world. In East Asia, solar–DHVAC system is a potential
alternative system [11].

Solar–DHVAC system investigation is being conducted in some of the East
Asian countries notably China [12–16], Korea [17], Malaysia [18], Thailand [19]
and Japan [20–22]. However, majority of the East Asian countries have little
research, development and application of the solar–DHVAC system [10]. Several
studies show that the solar–DHVAC system is potential for building applications
[10, 23–27]. Enteria et al. [28] show that the DHVAC system is potential in Japan
climatic condition which is a temperate climate. Some innovation of the solar–
DHVAC system had been done in Asia-Pacific region such as using 4-rotor or by
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staging to reduce the required regeneration temperature [20, 29]. Fong et al. [30]
show that the solar–DHVAC is potential for application in subtropical climate of
Hong Kong. Sekhar [31] shows that the DHVAC system is one of the alternative
HVAC systems for tropical climate. In fact, in tropical climate, some initial
researches are being done for the application of the DHVAC system [18, 19].
Furthermore, Enteria et al. [11, 32] show that the solar–DHVAC system is a
potential cooling system in different climates of Asia-Pacific region as long as
proper dimensioning and specifications will be determined. Hence, ongoing
research efforts are being conducted in the region for the application of the DHVAC
system at different designs and methods.

To further increase the performance of the solar–DHVAC system, development
of sorbent material is one of the major factors since the dehumidifier is the major
performance indicator of the solar–DHVAC system [33]. In this present study, the
developed TiO2 desiccant material is applied as the desiccant dehumidifier. The
TiO2 desiccant material performance is compared to the Silica Gel desiccant
material. The sorption isotherm of the TiO2 and the Silica Gel desiccant wheel is
presented in Fig. 11.1. It shows that the Titanium Dioxide desiccant wheel has
higher sorption capacity particularly from 60% and above relative humidity.
Figure 11.2 shows the performance of the two materials based on the numerical
investigation [34]. Figure 11.2a shows the setup for the study of the simple
DHVAC system with air heater and cross-flow heat exchanger. The air heater
provided the required regeneration temperature, while the heat exchanger is used to
investigate the cooling of the processed air (state 2 to state 3) and at the same time
preheat the return air (state 4) to state 5. Figure 11.2b shows the increase in pro-
cessed air temperature upon dehumidification process (state 1 to state 2). The results
show the increase in processed air temperature as regeneration temperature

Fig. 11.1 Sorption isotherm of the Silica Gel and the Titanium Dioxide desiccant wheel. The
isotherm was measured for the desiccant wheel coated with Silica Gel and Titanium Dioxide
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increases due to the release of heat of sorption and heat transfer between the two
streams of air. Figure 11.2c shows the humidity ratio of the processed air (state 2)
upon dehumidification process. The humidity ratio of the supply air decreases as the
regeneration temperature increases due to the complete drying of the desiccant
material upon higher regeneration temperature. Figure 11.2d shows the dehumid-
ification performance of the two desiccant materials. It shows that the TiO2-coated
wheel has higher dehumidification performance from 5.99 to 6.26% compared to
SiO2.

In our previous studies [11, 32], the potential of solar–DHVAC system in
Asia-Pacific region was presented. This paper presents the additional numerical
study of the solar–DHVAC system with the developed Titanium Dioxide desiccant
wheel and compared to the performance of the system with Silica Gel wheel. The
main objective of the study is to evaluate the solar–DHVAC system performance
with the new desiccant material at different climates of East Asia.
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Fig. 11.2 Comparison of the dehumidification and cooling performance of the Silica Gel and
Titanium Dioxide desiccant wheel applied in the simple model of the DHVAC system: a simple
DHVAC system; b effect of the regeneration temperature to the processed air temperature (state 2);
c effect of the regeneration temperature to the processed air humidity ratio (state 2); and
d dehumidification performance (difference between the humidity ratio of outdoor air (OA)/state 1
and processed air (PA)/state 2
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11.2 System Description

11.2.1 Solar–DHVAC System

The solar–DHVAC system is generally designed to collect solar thermal energy
during daytime and convert off-peak electric energy to thermal energy during
nighttime for thermal storage. The concept is explained in details by our previous
paper [21]. The design of the DHVAC system utilizes the constant humidity air
cooling process as discussed by Enteria et al. [21]. Figure 11.3 shows the schematic
diagram of the solar–DHVAC system under investigation. This system is investi-
gated to operate in the Asia-Pacific climates based on the numerical investigation
conducted [11].

11.2.2 Solar Thermal Operation

The main operational concept of the solar thermal system is the operation of the
nighttime electric heating for thermal storage for the operation of DHVAC when
solar radiation is not enough, on the following day to support the high-temperature
regeneration air. Based on the numerical study [35], two-hour electric heating is
enough to support for following day early operation of the desiccant cooling.
During the daytime, when solar radiation is high enough, the solar thermal col-
lection started to support the operation of the DHVAC system and the excess
collected solar energy is stored in the thermal storage tank for late day operation of
the DHVAC system. However, during daytime, when solar radiation suddenly
drops, due to sudden rain or cloudy sky, a backup daytime heating is operated
which can be sourced from either the electric heater or any kind of air-heating
devices.

11.2.3 DHVAC Operation

The DHVAC system processing of air is shown in Fig. 11.4. Figure 11.4a shows
the air processes for the previous system [21], and Fig. 11.4b shows the air pro-
cesses for the present system. The comparison shows the reduction in the supply air
(SA) due to the application of the second evaporative cooler. As presented, the
outdoor air (state 1/2) is dehumidified upon passing the rotating desiccant wheel,
but its temperature increases due to the conversion of air latent energy to sensible
energy, heat of sorption and heat carryover (state 3). The air in state 3 is pre-cooled
by the big sensible heat exchanger and split for states 4 and 4′. The air at state 4′ is
cooled and humidified using the evaporative cooler (state 5′). The cooled air of state
5′ is used to cool the state 4 air as the supply air (state 5). The air after the smaller
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heat exchanger (state 6) is combined with the return air (state 7) for further cooling
by the evaporative cooler (state 8). This air (state 8) is used to pre-cool the air of
state 3 mentioned above. Upon passing the big heat exchanger, the state 8 air is
preheated (state 9). The preheated air (state 9) passes the air-heating coil as the
regeneration air (state 10). In case of cloudy/rain day, the auxiliary daytime heater
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Fig. 11.3 Schematic diagram of the solar-DHVAC system coupled to the hypothetical building:
a solar-DHVAC system schematic design and b hypothetical building dimensions and
specifications
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Fig. 11.4 Psychrometric chart showing the states of air of the DHVAC system: a original
DHVAC system developed by the authors and b upgraded design of the DHVAC system
presented in Fig. 11.3a. State (1) is the outdoor air (OA), and the state (5) is the supply air (SA).
These charts show the comparison of air processes for the desiccant cooling system for
understanding of the system air processes and states
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operates to augment the regeneration thermal energy requirement (state 10′). The
regeneration air (states 10/10′) is used to regenerate the rotating desiccant wheel.
The air (states 11/12) becomes moist due to the removal of moisture from the
desiccant wheel and is exhausted to the outdoor environment (state 12).

11.3 System Modeling

11.3.1 System Model

The solar–DHVAC system is modeled in the transient system simulation
(TRNSYS) program [28]. The model considered the heat losses in the piping
network as observed in the actual operation of the system [21]. The model used the
flat plate collector, stratified thermal storage tank, electric heater, air-heating coil,
water pump, water pipe, desiccant wheel, cross-flow heat exchangers, evaporative
cooler and air fans. This system model follows the system design of the solar–
DHVAC system of Enteria et al. [28, 35].

11.3.2 Model Validation

The developed model was validated by experimental results [35]. Comprehensive
validation of model was done by Enteria [36]. The optimization procedure for
system sizing is schematically shown in Fig. 11.5. The selection of the indoor
thermal comfort conditions is based on the indoor temperature and humidity ratio
not more than 26 °C and 13.5 g/kg. This is based on the evaluation of the East
Asian region indoor conditions [14, 37–45].

11.3.3 Model Application

The developed model is used to investigate the performance of the solar–DHVAC
system with Silica Gel and Titanium Dioxide desiccant wheels. The solar–DHVAC
system is applied in a hypothetical building shown in Fig. 11.3 [11]. The specifi-
cations are shown in Table 11.1. The selection of the building envelope U values
was based on the gathered information from the East Asian region [13, 30, 39, 46–
51]. The building is rectangular in shape with all four walls as external. The
building is cool and ventilated using the solar–DHVAC system from 8 A.M. to 6 P.
M. during weekdays (Monday to Friday). There are five people inside the office
buildings doing light work each with computer and printer. Each worker is assumed
to have sensible gain of 75 W and latent gain of 75 W. They worked from 8 A.M.
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to 6 P.M. The computer has thermal gain of 230 W. The office lighting has
17 W/m2. The building air infiltration is assumed to be 0.5 ACH (air change per
hour). All the thermal gains from computers, lighting and occupants started from
8 A.M. and ended at 6 P.M. The system is applied in temperate climate (Tokyo,
Beijing), subtropical climate (Hong Kong, Taipei) and tropical climate (Philippines,
Singapore). Table 11.2 shows the geographical locations of the different cities for
the system application. Figure 11.6 shows the outdoor air conditions for the
countries and cities where the solar–DHVAC system is investigated. The system is
applied during the hottest week of the year based on the typical metrological year
(TMY). Figure 11.6 shows the climatic conditions of the different places for the

Initial Conditions:
Tank Volume V(m3)
Collector Area A(m2)

OA Flow Rate Q(m3/h)

New OA Flow Rate

START

23oC>T(RA)<26oC
10.5g/kg>X(RA)<13.5g/kg

T(CO) > 100oC

T(CO) > 100oC

Final Conditions:
Tank Volume V(m3)
Collector Area A(m2)

OA Flow Rate Q(m3/h)

END

New Collector Area

New Tank Volume

No

Yes

Yes

No

No

Yes

Yes

No

Yes

No

23oC>T(RA)<26oC
10.5g/kg>X(RA)<13.5g/kg

23oC>T(RA)<26oC
10.5g/kg>X(RA)<13.5g/kg

Fig. 11.5 Optimization procedure of the solar–DHVAC system for application in different
climatic conditions. (OA) is outdoor air; (RA) is return air; (T) is temperature; (X) is humidity ratio;
and (CO) is solar collector outlet
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Table 11.1 Hypothetical building construction material specifications and description

Building part Part materials Material thickness [m] Total
thickness [m]

U value [W/m2K]

Roof Plaster board 0.010 0.140 0.316

Fiberglass quilt 0.112

Roof deck 0.019

External walls Concrete block 0.100 0.170 0.511

Foam
insulation

0.061

Wood sliding 0.009

Glass windows Insulating glass – – 2.800

Floor Concrete slab 0.080 0.080 0.040

Insulation back

Table 11.2 Different climates of the East Asia with the specified countries and its cities showing
the coordinates for the application of the solar–DHVAC system

Climate Country City Latitude Longitude

Temperate China Beijing 39°54′50″N 116°23′30″E

Japan Tokyo 35°42′2″N 139°42′54″E

Subtropical Taiwan/China Taipei 25°2′0″N 121°38′0″E

China SAR Hong Kong 22°15′0″N 114°10′0″E

Tropical Philippines Manila 14°35′0″N 120°58′0″E

Singapore Singapore 1°17′0″N 103°50′0″E
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Fig. 11.6 Average climatic condition in the East Asia during the hottest summer day of the year
based on the typical metrological year (TYM) in the Meteonorm weather data in TRNSYS: a solar
radiation in the collector surface; b outdoor air temperature; c outdoor air humidity ratio; and
d outdoor air relative humidity. Data for Beijing, China (July 10); Tokyo, Japan (August 1);
Hongkong, China (August 20); Taipei, Taiwan (July 19); Manila, Philippines (May 21); and
Singapore, Singapore (May 21)
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application of the solar–DHVAC system. Figure 11.6a shows the available average
solar energy in the surface of the solar collector during the hottest day based on the
typical meteorological year (TMY). The solar collector inclination angle is opti-
mized to its latitude [35]. It shows that higher solar radiation is available in Taipei
and Hong Kong compared to Beijing, Tokyo, Manila and Singapore. It also shows
that solar radiation in Manila and Singapore is higher compared to Beijing and
Tokyo during this day. Figure 11.6b shows the average outdoor air temperature. It
shows that Manila has the higher outdoor air temperature. However, all the outdoor
air temperatures are above 30 °C. Figure 11.6c shows the average outdoor air
humidity ratio. The trend shows that the humidity increases from Beijing to
Singapore. The humidity ratio in Singapore is almost 20 g/kg and the same in
Taipei. Beijing has the lowest outdoor air humidity ratio around 17 g/kg.
Figure 11.6d shows the equivalent relative humidity. It also shows that the relative
humidity trend increasing from Beijing to Singapore. It means that the nearer the
location to the equator (tropical climate) in the selected region, the higher the
humidity ratio compared to the northern location (temperate climate). As seen in
Fig. 11.6a, the available solar energy in the collector is not as high compared to the
solar collector in the location of Taipei and Hong Kong.

11.4 Performance Indices

11.4.1 Solar Thermal System

The performance of the solar thermal system is presented as the thermal coefficient
of performance (TCOP)

TCOP ¼
R E
S

_QL;1
� �

dtþ R E
S

_QL;2
� �

dtR E
S

_EH;1
� �

dtþ R E
S

_EH;2
� �

dt
ð11:1Þ

where;

_QL;1 ¼ _m10 h11 � h10ð Þ; _QL;2 ¼ _m10 h12 � h11ð Þ
_EH;1 ¼ VolICuruPFð ÞH;1;

_EH;2 ¼ VolICuruPFð ÞH;2

The amount of solar energy contribution in the requirement of the thermal energy
for the operation of the DHVAC system is expressed as the solar fraction (SF)
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SF ¼
R E
S

_QSC
� �

dtR E
S

_QH;1
� �

dtþ R E
S

_QH;2
� �

dtþ R E
S

_QSC
� �

dt
ð11:2Þ

where;

_QSC ¼ _mColCP;Col To � Tið Þ

11.4.2 DHVAC System

The DHVAC system performance is expressed as the desiccant coefficient of
performance (DCOP)

DCOP ¼
R E
S

_QCL
� �

dtR E
S

_QH;1
� �

dtþ R E
S

_QH;2
� �

dt
ð11:3Þ

where

_QCL ¼ _mSA hOA � hSAð Þ; _QH;1 ¼ _m10 h11 � h10ð Þ; _QH;2 ¼ _m10 h12 � h11ð Þ

The calculations of the sensible heat ratio (SHR) are based on the cooling load
(CL) and the cooling effect (CE). The calculation of the sensible heat ratio based on
cooling load is expressed as the

SHRCL ¼
R E
S

_QSE
� �

CLdtR E
S

_QSE
� �

CLdtþ
R E
S

_QLE
� �

CLdt
ð11:4Þ

where

_QSE ¼ _mSACP;A TOA � TSAð Þ; _QLE ¼ _mSAHCon XOA � XSAð Þ

while the calculation of the sensible heat ratio based on cooling effect (CE) is based
on the

SHRCE ¼
R E
S

_QSE
� �

CEdtR E
S

_QSE
� �

CEdtþ
R E
S

_QLE
� �

CEdt
ð11:5Þ

where

_QSE ¼ _mSACP;A TRA � TSAð Þ; _QLE ¼ _mSAHCon XRA � XSAð Þ
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11.4.3 Total System

The performance of the total system based on the electric energy consumption is
based on the off-peak electric energy consumption (OPEC) [11]. The OPEC is
calculated on the total system electric energy consumption during off-peak and peak
time. The off-peak electric energy consumption is based on the electric energy
consumed from 12 midnight to 6 A.M. for the nighttime thermal energy storage and
pump power consumption.

OPEC ¼
R E
S

_EOP
� �

dtR E
S

_EOP
� �

dtþ R E
S

_EP
� �

dt
ð11:6Þ

where;

_EOP ¼ _EH;1 þ _EP;1; _EP ¼ _EH;2 þ _EP;1 þ _EP;2 þ _EF;1 þ _EF;2

It is assumed that air fans consumed 100 W per 200 m3/h of air flow rate. This
assumption is based on the experimental setup installation. The water pump has a
power consumption of 20 W for the water pump going to the solar collector and
electric heater (experimental setup installation). A 10 W is for the pump going to
the air-heating coil (experimental setup installation). The electric heater has a power
consumption of 3 kW each (experimental setup installation). The total system
performance is based on the system coefficient of performance (SCOP) expressed as

SCOP ¼
R E
S

_QCL
� �

dtR E
S

_EOP
� �

dtþ R E
S

_EP
� �

dt
ð11:7Þ

11.5 Results and Discussion

11.5.1 Solar Thermal Performance

Figure 11.7 shows the average outlet temperature of the solar collector and the
collector efficiency. It shows that the collector outlet temperature is maintained
above 90 °C for all the location. It shows that it has higher temperature for the cases
of Taipei and Manila compared to the other locations. This is due to the higher
average solar radiation as presented in Fig. 11.6. In addition, the collector efficiency
is maintained between 50 and 70%. However, as presented in the results, the
efficiency increases from Beijing to Singapore. This is mainly due to the lower inlet
temperature of water circulating in the collector resulting from bigger thermal
storage tank as presented in Table 11.3.
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Figure 11.8 shows the solar energy fraction called solar fraction (SF) in its
contribution to the thermal energy requirement of the solar–DHVAC system and
the electric energy consumption during off-peak load from 3 A.M. to 5 A.M. Based
on the optimized and specified solar–DHVAC system, the solar energy contributed
between 65 and 90% of the system thermal energy requirement. This is the same for
both the Titanium Dioxide and Silica Gel desiccant wheel since the specification is
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Table 11.3 Specifications of the solar–DHVAC system under investigation when applied in the
different climatic conditions in East Asian countries representing the temperate, subtropical and
tropical climates

Country City Flat plate collector Thermal storage
tank

Air flow rate

Inclination
angle (°)

Surface area
(m2)

Volume
(m3)

Height
(m)

Outdoor air
(m3/h)

Supply air
(m3/h)

China Beijing 39 12 0.644 1.7 700 350

Japan Tokyo 35 10 0.644 1.7 800 400

Taiwan/China Taipei 25 14 0.966 1.7 1200 600

China SAR Hong
Kong

22 12 0.966 1.7 1200 600

Philippines Manila 14 14 1.288 1.7 1000 500

Singapore Singapore 1 14 1.288 1.7 1500 750
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the same for the same place. Also, it shows that the OPEC is between 15 and 30%.
The SF is higher in almost all places except China. The lower SF in China is due to
the lower solar energy as shown in Fig. 11.6a. It also shows that the higher OPEC is
in Tokyo due to the higher SF. But it does not mean that when SF is higher, the
OPEC is also higher as in the case of Hong Kong. Factors such as outdoor air
conditions affected the auxiliary electric heating operation.

11.5.1.1 DHVAC Performance

Figure 11.9 shows the regeneration temperature “RegT(Solar Thermal)” provided
by the solar collection through the heat exchanger shown in state 10 (Fig. 11.3).
This is the maximum possible temperature which can be provided by the solar
thermal system since increasing this regeneration temperature makes the outlet
temperature of solar collector to increase up to 100 °C and results in the opening of
the collector safety valve. Thereof, the auxiliary heater provided after the heat
exchanger supported the increase in the required regeneration temperature “RegT
(Daytime Heater).” As shown in the results, in Beijing, higher support of the
auxiliary daytime heater is needed as the available solar radiation is lower shown in
Fig. 11.6 compared to other location. However, in most cases, the augmentation of
the daytime heater to support the required regeneration temperature is lower or less
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than 2% percent difference between “RegT(Solar Thermal)” and “RegT(Daytime
Heater).”

Figure 11.10 shows the effectiveness of the evaporative coolers (DEC1 and
DEC2). The locations of the two coolers are shown in Fig. 11.3. As shown in the
results, the effectiveness of the two evaporative coolers is more than 90% for all
locations. In addition, the application of the Titanium Dioxide desiccant wheel
makes the effectiveness higher. The situation is due to the lower moisture content of
the intake air to the evaporative cooler when using the Titanium Dioxide desiccant
wheel. However, the increase in temperature of the intake air using the Titanium
Dioxide wheel contributed to lower percent difference between the effectiveness
using the Silica Gel and Titanium Dioxide wheel of less than 2%.

Figure 11.11 shows the cooling load (CL) and the cooling effect (CE). It shows
that the cooling load increases from Beijing to Singapore. This means that large
amount of thermal energy (sensible and latent) is required to maintain the indoor
thermal comfort condition in the Southeast Asia compared to Northeast Asia. This
situation resulted in higher volumetric air flow needed for indoor thermal load and
to maintain the comfortable indoor environment (indoor temperature and humidity
ratio).

Figure 11.12 shows the content of latent energy and the sensible energy in the
air based on the CL and the CE presented in Fig. 11.11. The latent and sensible
energy contents are based on the sensible heat ratio (SHR). It shows that the SHR
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for the cooling load (CL-SHR) is lower than the cooling effect (CE-SHR). It means
that the CE has lower sensible energy content compared to the CL. It also shows
that the SHR for both CL and CE for different climates is almost the same. It means
that even in the Southeast Asian with higher latent energy content due to the higher
moisture in the air, the air temperature is also high resulting in higher sensible
energy content.

11.5.2 Building Performance

Figure 11.13 shows the outdoor air temperature (OA), supply air (SA) temperature
and the room air (RA) temperature. The room temperature can be maintained
between 26.5 and 23.5 °C using the system specification mentioned in Table 11.3.
The supply air temperature is 2–3 °C lower than that of the room temperature. It
also shows that the solar–DHVAC system with Titanium Dioxide desiccant wheel
can provide lower supply air temperature resulting in the maintenance of room
temperature below 25 °C compared to the system with Silica Gel desiccant wheel.

Figure 11.14 shows the OA humidity ratio, SA humidity ratio and the RA
humidity ratio. It shows that the specified solar–DHVAC system shown in
Table 11.3 provided the required indoor humidity ratio between 11 and 12.5 g/kg.
In addition, it shows that the Titanium Dioxide desiccant wheel can provide much
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lower humidity ratio compared to the Silica Gel desiccant wheel of the same system
size. It shows that the Titanium Dioxide material can provide supply air
(SA) humidity ratio as low as 7.5 g/kg compared to the Silica Gel of around
8.5 g/kg in the case of Beijing.

Figure 11.15 shows the equivalent relative humidity for the temperature and
humidity ratio given in Figs. 11.13 and 11.14 for the outdoor air OA, SA and RA. It
shows that the supply air relative humidity is between 45 and 55% for both the
Silica Gel and Titanium Dioxide desiccant wheels. However, the Titanium Dioxide
desiccant wheel produces lower relative humidity which is between 45 and 50%.
This result is due to the lower humidity ratio produced by the Titanium Dioxide
desiccant wheel presented in Fig. 11.14 compared to Silica Gel.

11.5.3 Total System Performance

Figure 11.16 shows the performance of the specified solar–DHVAC system. The
figure shows the (SCOP, TCOP) and the DCOP. It shows that the DHVAC system
has a COP between 1.5 and almost 3. The highest performance is in the Southeast
Asia due to the higher dehumidification performance as outdoor air has higher
humidity content. The TCOP is between 1 and 5.5 and higher in Tokyo due to the
higher solar energy collection as presented in Fig. 11.8. The SCOP shows that it is
between 1.5 and almost 3. It shows that the system has higher SCOP in the
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Southeast Asia due to the high solar energy collection (Fig. 11.8) and higher
cooling load (Fig. 11.11).

Figure 11.17 shows the correlation between the outdoor air conditions (air
temperature and humidity ratio) to the required ventilation flow rates. Figure 11.17a
shows for the outdoor air temperature to the ventilation flow rates, and it shows that
Beijing has lower required ventilation flow rate compared to Singapore. Beijing is
in the northernmost of all cities investigated, while Singapore is the nearest to the
equator. Based on Fig. 11.17b, for the correlation between the outdoor air humidity
ratio to the required ventilation flow rate, it shows that Singapore with highest
outdoor air humidity ratio to the required higher ventilation flow rate compared to
other cities such as Beijing and Tokyo which are temperate. However, the required
ventilation for Manila, Taipei and Hong Kong is 500–600 m3/h since these cities
are near to each other.

Figure 11.18 shows the correlation between the available solar energy in the
surface of the solar collector and the required size of the solar collector and the
thermal tank volume. As presented in Fig. 11.18a, for higher available solar energy
in the collector, obviously the required size of the solar energy collector will be
smaller; however, as the required regeneration energy will be higher, the required
solar collector area will be large also. In addition, as shown in Fig. 11.18b, the
required size of the thermal storage tank increases as the available solar radiation is
getting larger due to the increase in the surface area of the solar collector presented
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in Fig. 11.18a. This is due to the requirement of higher thermal buffer storage when
the amount of collected solar energy is getting higher as presented in Fig. 11.19.

Figure 11.19 shows the correlation for the thermal storage tank size to the
required solar collector area. As shown in the result, temperate climate required
lesser size of thermal storage tank and solar thermal collector area. The next with
lesser size of the required thermal storage tank and solar collector area is in the case
of subtropical climate, while for the case of tropical climate, it required larger size
of the thermal storage tank and larger surface area of solar thermal collector. This
result is due to the higher volumetric air flow requirement from temperate climate to
tropical climate.

The solar–DHVAC system is optimized to provide the needed indoor thermal
comfort conditions through the determination of the solar collector area, thermal
storage tank and air flow rate. Based on the optimization conducted for the appli-
cation of the system in the different climates in the East Asia, Table 11.3 shows the
required solar–DHVAC system specification.
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It shows that the needed collector surface area in the Southeast Asia is bigger
than of the Northeast Asia. In addition, the required thermal storage tank is bigger
in the Southeast Asia than that of the Northeast Asia. Also, the required air flow rate
is higher in the Southeast Asia than in the Northeast Asia. White et al. [52] show
also that in warm climate, higher ventilation rate is needed. The larger required size
of the solar collector is due to the higher air flow rate requirement to maintain the
indoor comfortable temperature and humidity ratio conditions. In addition, due to
the higher thermal energy collection in the Southeast Asia, the thermal storage tank
requirement is also bigger. This situation resulted in bigger system size in the
Southeast Asia compared to the Northeast Asia.

11.6 Conclusions

The solar–DHVAC system using Silica Gel and Titanium Dioxide materials in the
desiccant wheel was numerically investigated in different climates in East Asia—
temperate, subtropical and tropical using the transient system simulation (TRNSYS)
program. The investigation centered on the optimal design of the system which can
deliver the required indoor thermal comfortable conditions—temperature and
humidity ratio.

The specific conclusions show that:

• The performance of the Titanium Dioxide desiccant wheel is higher than the
Silica Gel desiccant wheel in reducing air moisture content.

• The solar–DHVAC system with Titanium Dioxide desiccant wheel can produce
lower supply air humidity ratio and temperature resulting in the maintenance of
the indoor humidity ratio and temperature at lower value than with the Silica Gel
desiccant wheel.

• Large surface area of solar collector is needed in the tropical climate compared
to the temperate climate to support the higher air flow rate requirement of the
building to maintain the required indoor thermal comfortable conditions. This
resulted in large volume of thermal storage tank to accommodate the collected
solar thermal energy

• The SCOP is within 1.5–3 in which the OPEC contributed from 15 to 30% of
the system total electric energy consumption.

• As high air volumetric flow rates are required in the more humid tropical cli-
mate, large amount of electric energy is used to support the air fans power
requirements.

• The contribution of solar energy for the required thermal energy of the DHVAC
system operation is between 65 and 90% (SF).

• Even with the SCOP between 1.5 and 3 when compared to the conventional
vapor compression system, the solar–DHVAC system consumed OPEC from 15
to 30%.
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• The solar–DHVAC system is applicable under East Asian climatic conditions as
long as the proper specifications are applied such as the size of the flat plate
collector, inclination of the collector plate, thermal storage tank volume and the
required air flow rates going to the building.

The TiO2 material used in the desiccant wheel can have higher dehumidification
and cooling performance when applied as a replacement of the common Silica Gel
desiccant wheel due to the higher dehumidification capability. Using TiO2 desiccant
wheel, the cooling load( QCL) can be increased by 10.05% in Beijing, 10.88% in
Tokyo, 9.50% in Taipei, 9.43% in Hong Kong, 9.34% in Manila and 9.75% in
Singapore. The cooling effect (QCE) can also be increased by 21.36% in Beijing,
21.28% in Tokyo, 19.65% in Taipei, 19.49% in Hong Kong, 20.32% in Manila and
19.88% in Singapore.

When using the solar–DHVAC system with high volumetric flow of air, fan
power consumption should be considered when implementing. As daytime electric
heating is required in case of rainy or cloudy day, auxiliary heating powered by
other sources of thermal energy such as waste heat or gas can reduce daytime
electric energy consumption. As presented in the results, the application of DHVAC
system increases the volumetric requirement of the supply air particularly for
tropical climate. Thereof, alternative system which air cooling can be done inde-
pendently from the DHVAC system can reduce the air flow rate requirement as
DHVAC system cannot support lower supply air temperature.
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Chapter 12
In-Situ Performance Evaluation
of the Desiccant Heating, Ventilating,
and Air-Conditioning System Using
Multiple Tracer Gas Dilution Method

Napoleon Enteria, Hiroshi Yoshino, Akashi Mochida, Rie Takaki,
Akira Satake, Seizo Baba and Yasumitsu Tanaka

Abstract The desiccant heating, ventilating and air-conditioning system
(DHVAC) consists of many heat and mass transfer components operating together
with air fans. The performance test using the multiple tracer gas dilution method is
important for knowing the internal and external flow rates, including the air leak-
ages. The results of the test show the actual internal air flow rates and the sources of
air leakage, and also show the interaction of air in the air-conditioned lecture room
and in the mechanical room. The performance test using the multiple tracer gas
dilution method in air flow and air leakages is important for a detailed evaluation of
DHVAC.

Keywords Tracer gas � Air flow diagnostics � HVAC system � Desiccant
materials � Evaporative cooling
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Nomenclatures

A Air
Ci Tracer gas inlet concentration (m3/m3)
Ce Tracer gas outlet concentration (m3/m3)
Co Initial tracer gas concentration (m3/m3)
DHVAC Desiccant heating, ventilating and air-conditioning
Ft, Qi Inlet air flow rate (m3/s)
HVAC Heating, ventilating and air-conditioning system
I, Qt Tracer gas flow rate (m3/s)
Qe Outlet air flow rate (m3/s)
Qo Initial air flow rate (m3/s)
ppm Part per million
SF6 Sulfur hexafluoride
TG Tracer gas
T Time (s)
V Control volume (m3)

Subscript

a Air
i Node i
j Node j
k Tracer gas type k
t Tracer gas

12.1 Introduction

Maintenance of the indoor thermal comfort level is one of the major energy con-
sumers in houses and buildings, especially in hot and humid climates, where the
air-conditioning system consumes a sizable percentage of energy [2, 3]. The des-
iccant heating, ventilating and air-conditioning system is one of the alternative
HVAC systems as it can utilize alternative energy sources available on-site [3–6].
Another advantage of the desiccant HVAC system is its capability to control air
humidity, air chemical content and air biological content at the same time.

In most cases, the performance of the laboratory measured HVAC system is far
higher than in the field system due to environmental conditions during testing such
as space requirements, and also the fabrication and assembly method. However,
on-site assembled and installed HVAC system suffered higher pressure losses, air
leakage and lower performance due to the different existing conditions compared
with the laboratory. Such situations resulted in lower cooling or heating capacity
due to higher internal air flow resistance, air leakage and air recirculation [7].
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To immediately resolve the problem, the building occupants sometimes increase the
air flow rates, lower the temperature setting for summer, or they raise the tem-
perature setting for winter. These immediate solutions performed by the occupants
increase the energy consumption of the HVAC system and can also increase
cross-contamination in the air streams. As the desiccant HVAC system consists of
many components for heat and mass transfer to condition the supply air for the
buildings, the complexity of the components results in the many possible sources of
air leakages, increase or loss of internal pressure, and possible causes for air
cross-contamination. As a simple visual inspection and typical air flow evaluation is
difficult, the above problems may cause the system to perform poorly [8].

The tracer gas dilution method is one of the most reliable methods in on-site air
flow measurement due to its simplicity in implementation and availability of the
portable equipment. Cheong [9] showed that measurements of airflow obtained by
using tracer gas and the pitot-static traverse method were in close agreement; thus the
tracer gas method was found to be a relatively simple and useful method for mea-
suring airflow in HVAC systems. Riffat et al. [10] showed the use of the portable SF6
system as an inexpensive and simple way of estimating the two-zone air flows in
houses. Sherman [11] showed that multi-gas is capable of uniquely determining the
entire matrix of air flows for multi-zone air flow rate determination. Sandberg and
Stymne [12] show that when the air supply and extract points are well known, the
effect of incomplete mixing can be minimized by locating the tracer gas source in the
room with the largest inflow of air and the measuring point in the room with the
largest extraction of air. For multi-zone air flow measurement, the application of
multiple tracer gas is important; hence, Laurence Berkeley National Laboratory
(LBNL) developed the multi-tracer measurement system (MTMS) to provide full
multi-zone air flow information in an accurate and real-time manner [13].

Manz et al. [7] used tracer gas techniques to measure air leakage rates from
ventilation units. Riffat [14] compared the measurements of airflow rate through a
heat exchanger coil made with a rotating vane anemometer using a tracer gas
technique. The two sets of data were generally found to be in close agreement. The
tracer gas technique is found to be simple to use in practice and also has additional
advantages. Roulet et al. [15] used the tracer gas dilution technique for measuring
the leakage from exhaust to supply in several units. It was suggested that leakage
can be strongly reduced through a proper installation of the wheel, good mainte-
nance of the gasket, proper installation of a purging sector and by maintaining a
positive pressure differential from supply to exhaust duct at wheel level. Results
from Cheong [16] tests indicate that measurements obtained by using the constant
injection technique are in close agreement with the measurements obtained by the
pitot-static traverse method. It shows that turbulence, air flow, filters, heat
exchanger coils and bends in the air handling unit and exhaust duct systems have
brought about a good tracer to air mixture in a short mixing length of duct. The
constant-injection tracer gas technique is a simple and convenient way of measuring
and balancing air flow in an HVAC system. The HVAC system can be balanced in
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a short period of time with a high degree of accuracy as compared to using the
traditional pitot-static traverse method.

This paper presents the application of the tracer gas dilution method through
multiple injection and sampling of the tracer gas in the installed desiccant HVAC
system. It investigates air flow rates, air leakages and the exchanges of the air
between the surroundings (mechanical room and lecture room) and the desiccant
HVAC system. The desiccant HVAC system is installed in a new building at the
university, and is the primary air-conditioning system of the building’s largest
lecture room [17]. The objective of the study is to determine the possible sources of
air leakages both internal and external, and to determine the actual flow rate of air
flowing through the internal components of the system, and to know the air flow
rates in the HVAC system.

12.2 Methodology

12.2.1 Field Measurement

The tracer gas dilution method is applied through the multiple injection and sam-
pling in the installed desiccant HVAC system of the ECOLLAB building at Tohoku
University [17]. Figure 12.1 shows the schematic diagram of the desiccant HVAC
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system in the building. The system is supported by solar thermal energy for the
regeneration of the desiccant wheel used in the dehumidification of air. An indirect
evaporative cooler is utilized to cool the air after the dehumidification by desiccant
wheel and pre-cooling by heat wheel. A refrigerant heat pump is used to further
cool the supply air after the evaporative cooler using the cooling coil in case the air
from the system is not enough to support the cooling requirement of the lecture
room. As shown in Fig. 12.2, the desiccant HVAC system internal devices are
presented as well as the supposed air flow directions.

12.2.2 Node by Node Method

For a single node, the generalized air flow conservation for air and tracer gas is
shown as

CiQi þCoQo þ I � CeQe ¼ V
dC
dt

ð12:1Þ

The first expression is the inlet condition of the air and tracer gas, the second
expression is the initial air and tracer gas condition in the single zone, the third
expression is the tracer gas injection into the inlet of the zone; and the fourth
expression is the outlet condition of the tracer gas and air. The right-side expression
is the change in tracer gas concentration in the zone.
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For multiple nodes, Eq. (12.1) is expanded to cover the number of nodes and the
inter-nodal air flow rate as [18]

XN
j¼0

Ci=kQi=j 1� di=j
� �þC0=kQi=0 þ Ii=k �

XN
j¼0

Ci=kQj=i 1� di=j
� � ¼ Vi

dCi=k

dt
ð12:2Þ

Based on the air flow and tracer gas conservation equation, the airflow rate
entering the node is determined as [18]

�Ii=k ¼
XN
j¼0

Cj=k � Ci=k

� �
Qj=i ð12:3Þ

The air flow leaving the nodes is determined as [18]

Qi=0 ¼
XN
j¼0

1� di=j
� �

Qj=i �
XN
j¼0

1� di=j
� �

Qi=j ð12:4Þ

12.2.3 Mathematical Modeling

Figure 12.3 shows the expected air flow direction in the installed desiccant HVAC
system together with the mechanical room and the lecture room. Hence, air leakage
is expected to occur. Based on Fig. 12.3, the possible air flow in the system net-
work of nodes is determined as presented in Table 12.1. Using the seven cases for
injection of tracer gas shown in Fig. 12.3, the system of air flow conservation
equations for the nodes is developed.

• Node 1:

0 ¼ C0=1 � C1=1
� �

Q0=1 þ C7=1 � C1=1
� �

Q11=1 þ C10=1 � C1=1
� �

Q15=1 ð12:5aÞ

0 ¼ C0=2 � C1=2
� �

Q0=1 þ C7=2 � C1=2
� �

Q11=1 þ C10=2 � C1=2
� �

Q15=1 ð12:5bÞ

0 ¼ C0=3 � C1=3
� �

Q0=1 þ C7=3 � C1=3
� �

Q11=1 þ C10=3 � C1=3
� �

Q15=1 ð12:5cÞ

0 ¼ C0=4 � C1=4
� �

Q0=1 þ C7=4 � C1=4
� �

Q11=1 þ C10=4 � C1=4
� �

Q15=1 ð12:5dÞ

0 ¼ C0=5 � C1=5
� �

Q0=1 þ C7=5 � C1=5
� �

Q11=1 þ C10=5 � C1=5
� �

Q15=1 ð12:5eÞ

0 ¼ C0=6 � C1=6
� �

Q0=1 þ C7=6 � C1=6
� �

Q11=1 þ C10=6 � C1=6
� �

Q15=1 ð12:5fÞ

0 ¼ C0=7 � C1=7
� �

Q0=1 þ C7=7 � C1=7
� �

Q11=1 þ C10=7 � C1=7
� �

Q15=1 ð12:5gÞ
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Table 12.1 Possible air flow in desiccant heating, ventilating and air-conditioning system
network of nodes presented in Fig. 12.2
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• Node 2:

�I2=1 ¼ C1=1 � C2=1
� �

Q1=2 þ C7=1 � C2=1
� �

Q11=2

þ C11=1 � C2=1
� �

Q17=2 þ C6=1 � C2=1
� �

Q9=2
ð12:6aÞ

0 ¼ C1=2 � C2=2
� �

Q1=2 þ C7=2 � C2=2
� �

Q11=2

þ C11=2 � C2=2
� �

Q17=2 þ C6=2 � C2=2
� �

Q9=2
ð12:6bÞ

0 ¼ C1=3 � C2=3
� �

Q1=2 þ C7=3 � C2=3
� �

Q11=2

þ C11=3 � C2=3
� �

Q17=2 þ C6=3 � C2=3
� �

Q9=2
ð12:6cÞ

0 ¼ C1=4 � C2=4
� �

Q1=2 þ C7=4 � C2=4
� �

Q11=2

þ C11=4 � C2=4
� �

Q17=2 þ C6=4 � C2=4
� �

Q9=2
ð12:6dÞ

0 ¼ C1=5 � C2=5
� �

Q1=2 þ C7=5 � C2=5
� �

Q11=2

þ C11=5 � C2=5
� �

Q17=2 þ C6=5 � C2=5
� �

Q9=2
ð12:6eÞ

0 ¼ C1=6 � C2=6
� �

Q1=2 þ C7=6 � C2=6
� �

Q11=2

þ C11=6 � C2=6
� �

Q17=2 þ C6=6 � C2=6
� �

Q9=2
ð12:6fÞ

0 ¼ C1=7 � C2=7
� �

Q1=2 þ C7=7 � C2=7
� �

Q11=2

þ C11=7 � C2=7
� �

Q17=2 þ C6=7 � C2=7
� �

Q9=2
ð12:6gÞ

• Node 4:

0 ¼ C2=1 � C3=1
� �

Q2=4 þ C6=1 � C3=1
� �

Q9=4 ð12:7aÞ

�I4=2 ¼ C2=2 � C3=2
� �

Q2=4 þ C6=2 � C3=2
� �

Q9=4 ð12:7bÞ

0 ¼ C2=3 � C3=3
� �

Q2=4 þ C6=3 � C3=3
� �

Q9=4 ð12:7cÞ

0 ¼ C2=4 � C3=4
� �

Q2=4 þ C6=4 � C3=4
� �

Q9=4 ð12:7dÞ

0 ¼ C2=5 � C3=5
� �

Q2=4 þ C6=5 � C3=5
� �

Q9=4 ð12:7eÞ

0 ¼ C2=6 � C3=6
� �

Q2=4 þ C6=6 � C3=6
� �

Q9=4 ð12:7fÞ

0 ¼ C2=7 � C3=7
� �

Q2=4 þ C6=7 � C3=7
� �

Q9=4 ð12:7gÞ
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• Node 6:

0 ¼ C3=1 � C4=1
� �

Q4=6 þ C9=1 � C4=1
� �

Q14=6 ð12:8aÞ

0 ¼ C3=2 � C4=2
� �

Q4=6 þ C9=2 � C4=2
� �

Q14=6 ð12:8bÞ

0 ¼ C3=3 � C4=3
� �

Q4=6 þ C9=3 � C4=3
� �

Q14=6 ð12:8cÞ

0 ¼ C3=4 � C4=4
� �

Q4=6 þ C9=4 � C4=4
� �

Q14=6 ð12:8dÞ

0 ¼ C3=5 � C4=5
� �

Q4=6 þ C9=5 � C4=5
� �

Q14=6 ð12:8eÞ

0 ¼ C3=6 � C4=6
� �

Q4=6 þ C9=6 � C4=6
� �

Q14=6 ð12:8fÞ

0 ¼ C3=7 � C4=7
� �

Q4=6 þ C9=7 � C4=7
� �

Q14=6 ð12:8gÞ

• Node 7:

0 ¼ C0=1 � C5=1
� �

Q0=7 þ C4=1 � C5=1
� �

Q6=7 ð12:9aÞ

0 ¼ C0=2 � C5=2
� �

Q0=7 þ C4=2 � C5=2
� �

Q6=7 ð12:9bÞ

�I7=3 ¼ C0=3 � C5=3
� �

Q0=7 þ C4=3 � C5=3
� �

Q6=7 ð12:9cÞ

0 ¼ C0=4 � C5=4
� �

Q0=7 þ C4=4 � C5=4
� �

Q6=7 ð12:9dÞ

0 ¼ C0=5 � C5=5
� �

Q0=7 þ C4=5 � C5=5
� �

Q6=7 ð12:9eÞ

0 ¼ C0=6 � C5=6
� �

Q0=7 þ C4=6 � C5=6
� �

Q6=7 ð12:9fÞ

0 ¼ C0=7 � C5=7
� �

Q0=7 þ C4=7 � C5=7
� �

Q6=7 ð12:9gÞ

• Node 9:

0 ¼ C3=1 � C6=1
� �

Q4=9 þ C5=1 � C6=1
� �

Q7=9 þ C11=1 � C6=1
� �

Q17=9 ð12:10aÞ

0 ¼ C3=2 � C6=2
� �

Q4=9 þ C5=2 � C6=2
� �

Q7=9 þ C11=2 � C6=2
� �

Q17=9 ð12:10bÞ

0 ¼ C3=3 � C6=3
� �

Q4=9 þ C5=3 � C6=3
� �

Q7=9 þ C11=3 � C6=3
� �

Q17=9 ð12:10cÞ

�I9=4 ¼ C3=4 � C6=4
� �

Q4=9 þ C5=4 � C6=4
� �

Q7=9 þ C11=4 � C6=4
� �

Q17=9

ð12:10dÞ
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0 ¼ C3=5 � C6=5
� �

Q4=9 þ C5=5 � C6=5
� �

Q7=9 þ C11=5 � C6=5
� �

Q17=9 ð12:10eÞ

0 ¼ C3=6 � C6=6
� �

Q4=9 þ C5=6 � C6=6
� �

Q7=9 þ C11=6 � C6=6
� �

Q17=9 ð12:10fÞ

0 ¼ C3=7 � C6=7
� �

Q4=9 þ C5=7 � C6=7
� �

Q7=9 þ C11=7 � C6=7
� �

Q17=9 ð12:10gÞ

• Node 11:

0 ¼ C2=1 � C7=1
� �

Q2=11 þ C6=1 � C7=1
� �

Q9=11 þ C11=1 � C7=1
� �

Q17=11

ð12:11aÞ

0 ¼ C2=2 � C7=2
� �

Q2=11 þ C6=2 � C7=2
� �

Q9=11 þ C11=2 � C7=2
� �

Q17=11

ð12:11bÞ

0 ¼ C2=3 � C7=3
� �

Q2=11 þ C6=3 � C7=3
� �

Q9=11 þ C11=3 � C7=3
� �

Q17=11

ð12:11cÞ

0 ¼ C2=4 � C7=4
� �

Q2=11 þ C6=4 � C7=4
� �

Q9=11 þ C11=4 � C7=4
� �

Q17=11

ð12:11dÞ

�I11=5 ¼ C2=5 � C7=5
� �

Q2=11 þ C6=5 � C7=5
� �

Q9=11 þ C11=5 � C7=5
� �

Q17=11

ð12:11eÞ

0 ¼ C2=6 � C7=6
� �

Q2=11 þ C6=6 � C7=6
� �

Q9=11 þ C11=6 � C7=6
� �

Q17=11

ð12:11fÞ

0 ¼ C2=7 � C7=7
� �

Q2=11 þ C6=7 � C7=7
� �

Q9=11 þ C11=7 � C7=7
� �

Q17=11

ð12:11gÞ

• Node 15:

0 ¼ C3=1 � C10=1
� �

Q4=15 þ C9=1 � C10=1
� �

Q14=15 ð12:12aÞ

0 ¼ C3=2 � C10=2
� �

Q4=15 þ C9=2 � C10=2
� �

Q14=15 ð12:12bÞ

0 ¼ C3=3 � C10=3
� �

Q4=15 þ C9=3 � C10=3
� �

Q14=15 ð12:12cÞ

0 ¼ C3=4 � C10=4
� �

Q4=15 þ C9=4 � C10=4
� �

Q14=15 ð12:12dÞ

0 ¼ C3=5 � C10=5
� �

Q4=15 þ C9=5 � C10=5
� �

Q14=15 ð12:12eÞ
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0 ¼ C3=6 � C10=6
� �

Q4=15 þ C9=6 � C10=6
� �

Q14=15 ð12:12fÞ

0 ¼ C3=7 � C10=7
� �

Q4=15 þ C9=7 � C10=7
� �

Q14=15 ð12:12gÞ

• Node 17:

0 ¼ C0=1 � C11=1
� �

Q0=17 þ C3=1 � C11=1
� �

Q4=17

þ C4=1 � C11=1
� �

Q6=17 þ C10=1 � C11=1
� �

Q15=17
ð12:13aÞ

0 ¼ C0=2 � C11=2
� �

Q0=17 þ C3=2 � C11=2
� �

Q4=17

þ C4=2 � C11=2
� �

Q6=17 þ C10=2 � C11=2
� �

Q15=17
ð12:13bÞ

0 ¼ C0=3 � C11=3
� �

Q0=17 þ C3=3 � C11=3
� �

Q4=17

þ C4=3 � C11=3
� �

Q6=17 þ C10=3 � C11=3
� �

Q15=17
ð12:13cÞ

0 ¼ C0=4 � C11=4
� �

Q0=17 þ C3=4 � C11=4
� �

Q4=17

þ C4=4 � C11=4
� �

Q6=17 þ C10=4 � C11=4
� �

Q15=17
ð12:13dÞ

0 ¼ C0=5 � C11=5
� �

Q0=17 þ C3=5 � C11=5
� �

Q4=17

þ C4=5 � C11=5
� �

Q6=17 þ C10=5 � C11=5
� �

Q15=17
ð12:13eÞ

0 ¼ C0=6 � C11=6
� �

Q0=17 þ C3=6 � C11=6
� �

Q4=17

þ C4=6 � C11=6
� �

Q6=17 þ C10=6 � C11=6
� �

Q15=17
ð12:13fÞ

�I17=7 ¼ C0=7 � C11=7
� �

Q0=17 þ C3=7 � C11=7
� �

Q4=17

þ C4=7 � C11=7
� �

Q6=17 þ C10=7 � C11=7
� �

Q15=17
ð12:13gÞ

Using seven cases of tracer gas injections shown in Fig. 12.3, the systems of
equations for the nodes are presented as follows based on Table 12.1.

• Node 0:

Q7=0 þQ11=0 þQ15=0 þQ17=0 ¼ Q0=1 þQ0=7 þQ0=17 ð12:14Þ

• Node 1:

Q0=1 þQ11=1 þQ15=1 ¼ Q1=2 ð12:15Þ

• Node 2:

Q1=2 þQ11=2 þQ17=2 þQ9=2 ¼ Q2=4 þQ2=11 ð12:16Þ
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• Node 4:

Q4=6 þQ4=9 þQ4=15 þQ4=17 ¼ Q2=4 þQ9=4 ð12:17Þ

• Node 6:

Q4=6 þQ14=6 ¼ Q6=7 þQ6=17 ð12:18Þ

• Node 7:

Q0=7 þQ6=7 ¼ Q7=0 þQ7=9 ð12:19Þ

• Node 9:

Q4=9 þQ7=9 þQ17=9 ¼ Q9=4 þQ9=11 þQ9=2 ð12:20Þ

• Node 11:

Q2=11 þQ9=11 þQ17=11 ¼ Q11=0 þQ11=1 þQ11=2 ð12:21Þ

• Node 13:

Q17=13 ¼ Q13=14 ð12:22Þ

• Node 14:

Q13=14 ¼ Q14=15 þQ14=6 ð12:23Þ

• Node 15:

Q4=15 þQ14=15 ¼ Q15=0 þQ15=1 þQ15=17 ð12:24Þ

• Node 17:

Q0=17 þQ4=17 þQ6=17 þQ15=17 ¼ Q17=0 þQ17=2 þQ17=9 þQ17=11 þQ17=13

ð12:25Þ

The various air flow rates in the air handling system presented in Fig. 12.3 are
determined as;

• Outdoor air flow rate

Q1=2 ¼
I2=1

C10=1 � C1=1
� � ð12:26Þ
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• Supply air flow rate

Q6=7 ¼
I7=3

C40=3 � C4=3
� � ð12:27Þ

• Return air flow rate

Q7=9 ¼
I9=4

C50=4 � C5=4
� � ð12:28Þ

• Evaporative cooler air flow rate

Q13=14 ¼
I13=6

C80=6 � C8=6
� � ð12:29Þ

• From Eqs. (12.22) and (12.29)

Q17=13 ¼ Q13=14 ð12:30Þ

• From Eq. (12.9c)

Q0=7 ¼
I7=3 þ C4=3 � C5=3

� �
Q6=7

C5=3 � C0=3
� � ð12:31Þ

• From Eq. (12.21)

Q7=0 ¼ Q0=7 þQ6=7
� �� Q7=9 ð12:32Þ

• From Eq. (12.8f)

Q14=6 ¼ Q6=7
C3=6 � C4=6

C3=6 � C9=6

� �
ð12:33Þ

• From Eq. (12.25)

Q14=15 ¼ Q13=14 � Q14=6 ð12:34Þ

• From Eq. (12.13f)

Q4=15 ¼ Q14=15
C9=6 � C10=6

C10=6 � C3=6

� �
ð12:35Þ
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• The air flow from node 2–4 is,

Q2=4 ¼
I4=2

C20=2 � C2=2
� � ð12:36Þ

• The air flow from node 9–11 is,

Q9=11 ¼
I11=5

C60=5 � C6=5
� � ð12:37Þ

• From Eq. (12.7a)

Q9=4 ¼ Q2=4
C2=1 � C3=1

C3=1 � C6=1

� �
ð12:38Þ

• From Eqs. (12.10a) and (12.10d)

Q4=9 ¼ � I9=4 C6=1 � C11=1
� �� �þQ7=9 C6=1 � C11=1

� �
C5=4 � C6=4
� �þ C11=4 � C6=4

� �
C5=1 � C6=1
� �� �

C6=1 � C11=1
� �

C3=4 � C6=4
� �þ C11=4 � C6=4

� �
C3=1 � C6=1
� �� �

ð12:39Þ

• From Eqs. (12.25), (12.26), (12.13a), (12.13b), (12.13f) and (12.13g)

Q4=17 ¼
x� yð Þ ag� ecð Þ pi� mlð Þþ oi� mkð Þ ed � ahð Þ½ �h i � I17=7 edi� ahið Þ� �� 	

ag� ecð Þ pi� mlð Þþ oi� mkð Þ ed � ahð Þ½ � � af � ebð Þ pi� mlð Þþ ni� mjð Þ ed � ahð Þ½ �h i
ð12:40Þ

where; a ¼ C0=1 � C11=1
� �

; b ¼ C3=1 � C11=1
� �

; c ¼ C4=1 � C11=1
� �

;
d ¼ C10=1 � C11=1

� �
; e ¼ C0=2 � C11=2

� �
; f ¼ C3=2 � C11=2

� �
;

g ¼ C4=2 � C11=2
� �

; h ¼ C10=2 � C11=2
� �

; i ¼ C0=6 � C11=6
� �

;
j ¼ C3=6 � C11=6

� �
; k ¼ C4=6 � C11=6

� �
; l ¼ C10=6 � C11=6

� �
;

m ¼ C0=7 � C11=7
� �

; n ¼ C3=7 � C11=7
� �

; o ¼ C4=7 � C11=7
� �

;
p ¼ C10=7 � C11=7

� �
; x ¼ Q2=4 þQ9=4 þQ14=6; y ¼ Q4=9 þQ4=15 þQ6=7

• From Eqs. (12.17) and (12.18)

Q6=17 ¼ Q2=4 þQ9=4 þQ14=6
� �� Q4=9 þQ4=15 þQ6=7 þQ4=17

� � ð12:41Þ

• From Eqs. (12.13f) and (12.13g)

Q15=17 ¼
i I17=7
� �þQ4=17 ni� mjð ÞþQ6=17 oi� mkð Þ� �

ml� pið Þ ð12:42Þ
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where;
i ¼ C0=6 � C11=6

� �
; k ¼ C4=6 � C11=6

� �
; l ¼ C10=6 � C11=6

� �
;

m ¼ C0=7 � C11=7
� �

; n ¼ C3=7 � C11=7
� �

; o ¼ C10=7 � C11=7
� �

;
p ¼ C10=7 � C11=7

� �
• From Eq. (12.13g)

Q0=17 ¼
I17=7 þQ4=17 C3=7 � C11=7

� �þQ6=17 C4=7 � C11=7
� �þQ15=17 C10=7 � C11=7

� �� �
C11=7 � C0=7
� �

ð12:43Þ
• From Eq. (12.17)

Q4=6 ¼ Q2=4 þQ9=4
� �� Q4=9 þQ4=15 þQ4=17

� � ð12:44Þ

• From Eqs. (12.6a), (12.6b), (12.6c), (12.6d) and (12.6e)

Q17=2 ¼ �Q1=2
faþ bdð Þ
fcþ beð Þ


 �
ð12:45Þ

where;
a ¼ C1=4 � C2=4

� �
C6=5 � C2=5
� �� �� C1=5 � C2=5

� �
C6=4 � C2=4
� �� �

;
b ¼ C7=4 � C2=4

� �
C6=5 � C2=5
� �� �� C7=5 � C2=5

� �
C6=4 � C2=4
� �� �

;
c ¼ C11=4 � C2=4

� �
C6=5 � C2=5
� �� �� C11=5 � C2=5

� �
C6=4 � C2=4
� �� �

;
d ¼ C6=3 � C2=3

� �
C1=2 � C2=2
� �� �� C6=2 � C2=2

� �
C1=3 � C2=3
� �� �

;
e ¼ C11=2 � C2=2

� �
C6=3 � C2=3
� �� �� C11=3 � C2=3

� �
C6=2 � C2=2
� �� �

;
f ¼ C7=3 � C2=3

� �
C6=2 � C2=3
� �� �� C7=2 � C2=3

� �
C6=3 � C2=3
� �� �

• From Eqs. (12.6a) and (12.6c)

Q11=2 ¼
Q1=2dþQ17=2e

f
ð12:46Þ

where;
d ¼ C6=3 � C2=3

� �
C1=2 � C2=2
� �� �� C6=2 � C2=2

� �
C1=3 � C2=3
� �� �

;
e ¼ C11=2 � C2=2

� �
C6=3 � C2=3
� �� �� C11=3 � C2=3

� �
C6=2 � C2=2
� �� �

;
f ¼ C7=3 � C2=3

� �
C6=2 � C2=3
� �� �� C7=2 � C2=3

� �
C6=3 � C2=3
� �� �

• From Eq. (12.10d)

Q17=9 ¼
C3=4 � C6=4
� �

Q4=9 þ C5=4 � C6=4
� �

Q7=9 þ I9=4
� �

C6=4 � C11=4
� � ð12:47Þ

• From Eqs. (12.11e) and (12.11f)

Q17=11 ¼ � I11=5 C2=6 � C7=6
� �þQ9=11 C6=6 � C7=6

� �
C7=5 � C2=5
� �þ C2=6 � C7=6

� �
C6=5 � C7=5
� �� �

C11=6 � C7=6
� �

C7=5 � C2=5
� �þ C2=6 � C7=6

� �
C11=5 � C7=5
� �� �

ð12:48Þ
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• From Eq. (12.11d)

Q2=11 ¼
Q9=11 C6=4 � C7=4

� �þQ17=11 C11=4 � C7=4
� �� �

C7=4 � C2=4
� � ð12:49Þ

• From Eq. (12.25)

Q17=0 ¼ Q0=17 þQ4=17 þQ6=17 þQ15=17
� �� Q17=2 þQ17=9 þQ17=11 þQ17=13

� �
ð12:50Þ

• From Eqs. (12.15), (12.5e) and (12.5f)

Q15=1 ¼ Q1=2
aþ bð Þ
cþ dð Þ ð12:51Þ

where;
a ¼ C0=5 � C1=5

� �
C0=6 � C1=6
� �� C7=6 � C1=6

� �� �
;

b ¼ C0=6 � C1=6
� �

C7=5 � C1=5
� �� C0=5 � C1=5

� �� �
;

c ¼ C10=6 � C1=6
� �� C0=6 � C1=6

� �� �
C7=5 � C1=5
� �� C0=5 � C1=5

� �� �
;

d ¼ C10=5 � C1=5
� �� C0=5 � C1=5

� �� �
C0=6 � C1=6
� �� C7=6 � C1=6

� �� �
• From Eq. (12.5e)

Q11=1 ¼
Q1=2 C0=5 � C1=5

� �þQ15=1 C10=5 � C1=5
� �� C0=5 � C1=5

� �� �� 
C0=5 � C1=5
� �� C7=5 � C1=5

� �� �
ð12:52Þ

• From Eq. (12.15)

Q0=1 ¼ Q1=2 � Q11=1 þQ15=1
� � ð12:53Þ

• From Eq. (12.24)

Q15=0 ¼ Q4=15 þQ14=15
� �� Q15=1 þQ15=17

� � ð12:54Þ

• From Eq. (12.21)

Q11=0 ¼ Q2=11 þQ9=11 þQ17=11
� �� Q11=1 þQ11=2

� � ð12:55Þ

• From Eq. (12.16)

Q9=2 ¼ Q2=4 þQ2=11
� �� Q1=2 þQ11=2 þQ17=2

� � ð12:56Þ
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12.2.4 Field Application

The tracer gas injection and sampling points are presented in Fig. 12.3. Based on
the number of these sampling points, the inter-nodal air flow rates can be deter-
mined. As the installation is a compact system having possible obstacles for mixing
tracer gas and reversed flow, the tracer gas injection point and sampling points’
installation are done properly to minimize the possible misdistribution of tracer gas
in the stream of air. ASTM E 2029-99 shows the suggestions in multiple tracer gas
injection and sampling for different sizes of air ducting [19]. Also, application of the
multiple micro-jets for both the injection and sampling probes installed in the air
stream was implemented in this study [20]. Silva and Afonso [20] shows also that it
is difficult to accurately measure the air flow rate when the distance between the
tracer gas injector and downstream sampler is less than four times the duct diam-
eter. Hence, in this study, proper installation and preparation was done to account
for the distances between the injector and sampler.

In this study, the SF6 tracer gas is used in the multiple tracer gas points’ eval-
uation through a constant flow rate. The purpose of SF6 as a tracer gas is due to its
absence in the environment which, otherwise, might cause an error in reading the
tracer gas sampling. Based on the Occupational Safety and Health Administration
(OSHA) regulation [21], the SF6 concentration in air should not be above 100 ppm.
Since the purpose of this evaluation method is for field or on-site evaluation with
uncontrolled movement of people in the vicinity, 75 ppm as a maximum limit was
selected to provide an additional safety margin.

The measurements are performed after the steady-state conditions. At first, the
system is operated until the steady-state conditions are attained. Afterward, the
tracer gas is injected from Point 1 (Case 1) to Point 7 (Case 7). The subsequent
injections of tracer gas (Case 1 to Case 7) are performed only after the removal of
all tracer gases from the previous injections.

The multi-point dozer and sampler with a photoacoustic gas monitor are used in
the tracer gas injection, sampling and measurement as shown in Fig. 12.4. The
fabricated multiple tracer gas injector and sampling with multiple micro-jets are
used for the measurement as suggested [20].

12.3 Results and Discussion

12.3.1 Tracer Gas Concentration

Figure 12.5 shows the gathered raw data for two hours after the stabilization of the
tracer gas concentration and constant injection of the tracer gas. Based on the
observation during the dry run and testing, the stabilization time between cases was
at least two hours. The data were gathered for two hours so as to have an ample
amount of data. Based on cases of tracer gas injection, as expected, there was
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always an increase in tracer gas concentration between the upstream and down-
stream where the gas was injected. Based on the presentation of tracer gas sampling
points, there were sampling points that increased the tracer gas concentrations even
in the other stream of air flow due to internal air leakage and air recirculation. In
addition, it showed that there was an air exchange between the environment, the
mechanical room and the lecture room.

12.3.2 Air Flow and Air Leakages

Figure 12.6 shows the calculated air flow and leakage rates. Based on the calcu-
lations, the air flow rates inside the system were changing from the outlet air (Point
1 and Point 2) to supply air and from the return air (Point 7 to Point 9) to exit air
(Point 11 to Point 0 and Point 11 to Point 1); the same situation was occurring for
the evaporative cooler primary and secondary air flow rates (Point 14 to Point 15

Fig. 12.4 Actual view of field measurement using tracer gas dilution method for air flow rate and
leakages evaluation: a tracer gas flow controller; b tracer gas flow meter; c tracer gas supply tank
and d tracer gas multiple samplers and gas analyzer with tracer gas concentration monitoring and
data storage
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Fig. 12.5 Measured concentration of the tracer gas in different sampling points for different
injection cases: a case 1; b case 2; c case 3; d case 4; e case 5; f case 6 and g case 7. The data were
gathered for 2 h for each case with time span between cases of at least 2 h (stability time)
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and Point 4 to Point 6). As presented, the outdoor air flow rate was 939.8 m3/h, then
increasing to 1176.1 m3/h upon passing the desiccant wheel, and then decreasing to
711.8 m3/h when supplied to the lecture room. On the other hand, the 622.5 m3/h of
return air decreased to 444.5 m3/h when passing the heating coil and then increased
after (610.7 m3/h). There were many internal air leakages of different volumes. As
expected, large air leakages were occurring from the high to the low air pressure
side. An exceptional case was occurring in the evaporative cooler due to the large
leakage in its elements. Furthermore, there was an exchange of air in the lecture
room that might depend on the door being open or closed, or on changes of outdoor
air direction and speed.

12.3.3 Flow Balances

Figure 12.7 shows the air flow rates and leakage in the desiccant wheel (Fig. 12.7a)
and the heat wheel (Fig. 12.7b). Based on the calculation for the desiccant wheel,
the total inlet air flow is 1687.3 m3/h, while the total outlet flow is 1786.8 m3/h,
with a percentage difference of 5.6%. It showed that there was high air recirculation
from the supply air side to the return air side in comparison with the return air side
to the supply air side. The high air recirculation from the supply air side to the
return air side was due to the high pressure side in the supply side rather than that of
the return air side. The air recirculation from the return air side to the supply air side
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Fig. 12.6 Calculated air flow rates (red line) and air leakages (orange line) in the installed
desiccant heating, ventilating and air-conditioning system. The red line is the intended air flow
directions in the system, and the orange line is the detected air leakages
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is most likely due to the rotation of the desiccant wheel. In the case of the heat
wheel (Fig. 12.7b), there was still a high recirculation of air from the supply air side
to the return air side due to the high pressure in the supply air side. The air
recirculation from the return air side to the supply air side is due to the rotation of
the heat wheel. For the heat wheel, the total inlet air flow was 1810.4 m3/h, while
the total outlet air flow was 1827.9 m3/h, for a percentage difference of 1.0%. In
addition, it showed that a big internal leakage from the return air side to the supply
air side was happening between the heat wheel and the desiccant wheel. The high
amount of leakage was determined to be due to the fabrication and installation of
the parts of the desiccant wheel, fan and heating coil, and the heat wheel.
Figure 12.8 shows the calculated air flow rates and leakage for the evaporative
cooler (Fig. 12.8a) and the lecture room (Fig. 12.8b). For the evaporative cooler,
the total inlet flow was 1317.7 m3/h, while the total outlet flow was 1317.8 m3/h
with the difference being 0.01%. There was a large internal air leakage from the
PA2 to the EA2 of 262.4 m3/h. The evaporative cooler showed leakage in the
mechanical room of 158.6 m3/h. The high internal leakage of the evaporative cooler
is due to the fabrication of the evaporative cooler elements. It was determined that
these elements caused leakages in the two streams of air. The lecture room as
shown in Fig. 12.8b has a total inlet flow of 795.4 m3/h and an outlet flow of
795.4 m3/h with a percentage difference of 0.0%. As presented, there was an air
exchange between the room and the outdoor environment due to the opening and
closing of doors, and it was affected by the changes in wind speed and direction
around the lecture room. However, it is shown that there is a large air leakage from
the room to the environment due to the positive pressure inside the room in
comparison with the environment as the supply air flow rate is higher than the
return air flow rate.
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Fig. 12.7 Calculated air flow rates (red arrow) and air leakages (orange arrow): a desiccant
wheel with total inlet flow of 1687.3 m3/h and total outlet flow of 1786.8 m3/h with percent
difference of 5.6% and b heat wheel with total inlet flow of 1810.4 m3/h and total outlet flow of
1827.9 m3/h with percent difference of 1.0% (please see Fig. 12.6 for complete system diagram
and air flow)
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Figure 12.9 shows the air flow rates and leakage for the mechanical room. It
shows that the total inlet air flow was 1752.2 m3/h, while the total outlet flow was
1769.9 m3/h, with a percentage difference of 1.0%. The results show that the room
air leakage was 190 m3/h due largely to the evaporative cooler operation to support
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the secondary air flow. The evaporative cooler secondary stream of air has an air fan
to support the required air flow rate to cool the primary air flow going to the room.

12.3.4 Leakage Sources

Based on the analysis of the tracer gas air flow and leakage evaluation, a physical
evaluation of the system along with the lecture room and mechanical room was
performed. In order to investigate the causes of air leakage, the actual investigation
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Fig. 12.10 Schematic diagram of the complete modular constructed and fabricated desiccant
heating, ventilating and air-conditioning system. It shows the sources of main air leakages based
on the results of tracer gas dilution method and comprehensive visual inspection with reference to
tracer gas results
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of the installed DHVAC system was conducted. It shows that the system is com-
posed of many modules and that it fits together with the complete system. For
example, the desiccant wheel has one module, the heat wheel has one module, and
so on. The modules are connected by nuts and bolts and using a silicon sealant.
However, due to the physical size of the system, some modules are assembled
on-site resulting in difficulty in testing for air leakage, even after applying sealants.
Combined with the physical evaluation of the system, and analysis of the system
fabrication and installation using the tracer gas method, the causes of the air
leakages were determined. Figure 12.10 shows the main causes of air leakage and
air recirculation. There were unexpected causes for air external air leakage and air
recirculation such as the emergency water drainage pipe and the joining of the
desiccant wheel module, fan and heating coil module and heat wheel module.
Furthermore, the cause of leakage in the evaporative cooler was due to the installed
heat transfer elements. It was also determined that the connection of modules causes
some leakage between the system and the mechanical room.

12.4 Conclusions

This study shows the application of the tracer gas dilution method through multiple
tracer gas injection and sampling for the diagnostic of the installed DHVAC system
to determine and evaluate the actual air flow rates, air recirculation, and internal and
external air leakages. Based on the application of the tracer gas dilution method, the
following conclusions are drawn:

1. The air flow rates inside the installed DHVAC system varied from the outdoor
air (OA) to supply air (SA) and from the return air (RA) to exit air (EA); the
same situation occurred for the evaporative cooler primary and secondary air
flow rates.

2. Large air leakages occurred from the high air pressure side to the low air
pressure side. An exceptional case occurred in the evaporative cooler due to the
large amount of leakage in its elements.

3. There is a large internal air leakage of 262.4 m3/h from Point PA2 to Point EA2.
The evaporative cooler has a leakage to the mechanical room of 158.6 m3/h.

4. There is an air exchange between the room and the outdoor environment due to
the opening and closing of doors which is affected by the changes in wind speed
and direction in the area around the lecture room.

5. It shows that the emergency water drain pipes of the installed system contribute
to external air leakage, while the incomplete sealing both internally and exter-
nally of the installed system results in air leakage.

6. A large internal air recirculation is occurring between the desiccant wheel and
the heat wheel due to incomplete sealing in the boundary between the supply air
side and the return air side airstreams due to the difficulty in sealing and visually
checking that portion.
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It was determined that the installed DHVAC system has a large unexpected
internal air leakage and air recirculation due to the fabrication, assembly and
installation of the emergency water drain pipe. Due to the large internal and external
air leakage coupled with air recirculation, the outdoor air and exit air flow rate
becomes very high to support the expected required supply air and return air flow
rates for the lecture room. These air recirculation and air leakages might contribute
to the poor performance of the system due to the imbalance of air flow rates. Hence,
system retrofitting and repair are seriously needed to fix the problem.

Based on the study, the installed system’s performance is totally different from
the expected performance due to internal and external air leakage. Performance is
also affected by the modular connection. Based on the results of the study, even
though the system might be fully sealed with silicone sealants, duct tape, and nuts
and bolts, there is no assurance that it will be free of air leakages. Therefore, based
on this study, field evaluation of the HVAC system to determine its detailed and
actual behavior and performance, the use of multiple injection of tracer gas, is an
important component in the commissioning of the system and before the turnover to
the building owner or the occupants.
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