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Part I

New Gasoline Direct Injection (GDI),
Spark Ignition (SI) and Compression
Ignition (CI) Engines and Components



A Novel Mechanism for Piston
Deactivation Improving the Part Load
Performances of Multi Cylinder Engines

Alberto Boretti and Joseph Scalzo

Abstract Cylinder deactivation has been proposed so far for improved part load
operation of large gasoline engines. In all this application, the cylinder deactivation
has been achieved keeping the intake and exhaust valves closed for a particular
cylinder, with pistons still following their strokes. The paper presents a new mecha-
nism between the piston and the crankshaft to enable selective deactivation of pistons,
therefore decoupling the motion of the piston from the rotation of the crankshaft. The
reduced friction mean effective pressure of the new technology enables the use of
piston deactivation in large engines not necessarily throttle controlled but also
controlled by quantity of fuel injected. Results of performance simulations are
proposed for V8 gasoline and Diesel engines producing significant savings during
light operation, larger for the gasoline but still substantial for the Diesel.

Keywords Internal combustion engines - Fuel economy - Cylinder deactivation -
Part load
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BDC Bottom dead centre

BMEP Brake mean effective pressure
BSFC  Brake specific fuel consumption
Cer Piston speed term in Eq. (1)
CR Compression ratio

EVC Exhaust valve closure

EVO Exhaust valve opening

FMEP  Friction mean effective pressure
IMEP  Indicated mean effective pressure
IvC Intake valve closure

IvO Intake valve opening

NEDC New European driving cycle

Prax Maximum cylinder pressure

Qcr Quadratic piston speed term in Eq. (1)
RPM Cycle-averaged engine speed

S Stroke

Stact Speed factor in Eq. (1)

TDC Top dead centre

WOT  Wide open throttle

/s Brake thermal engine efficiency
A Air-to-fuel equivalence ratio

1 Introduction

Cylinder deactivation is one of the major technologies developed to reduce the fuel
consumption of large engines running low loads [1-25]. Cylinder deactivation is
usually adopted in large spark ignition engines to run on part (usually half) of its
cylinders during light load operation. This technology is aimed to large capacity
engines (V6, V8 and V12 engines). For example, a V6 engine will run with all the
six cylinders under high load for acceleration, switching to three cylinders under
light load for cruising or low-speed drive. Pumping losses are significantly reduced
when the engine is operated in the “part-cylinder” mode [1-25].

Cylinder deactivation effectively creates a variable displacement engine, which
means you can enjoy the on-demand power of a large capacity engine together
with the fuel economy of a smaller engine. Cylinder deactivation is used to reduce
the fuel consumption and emissions of an engine during light load operation. In
typical light load driving, the throttle valve is nearly closed and the engine needs to
work to draw air and pumping losses are high. The use of cylinder deactivation at
light load means the throttle valve can be opened further to provide the same
power output. This reduces pumping losses and increases pressure in each cylin-
der. Cylinder deactivation is typically achieved keeping the intake and exhaust
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valves closed for a particular cylinder. By keeping the intake and exhaust valves
closed, it creates an ‘air spring’ in the combustion chamber, with the compression
and decompression of the trapped exhaust gases having same effect overall. Fuel
delivery to the disabled cylinders is also cut-off. The transition between normal
engine operation and cylinder deactivation is also smoothed using changes in
ignition timing, cam timing and throttle position.

Cylinder deactivation applied to relatively large displacement spark ignition
engines improves light load efficiency. The engine displacement is optimally
adjusted for load requirements. Power and torque are maximized for high load
operation, and fuel economy is maximized for light load conditions.

The first mass-produced vehicle to employ cylinder deactivation was the 1981
Cadillac L62 V8-6-4 engine fitted to the 1981 Cadillac DeVille, Brougham,
Eldorado and as an option in the Seville [19-21]. A new valve control system
allowed the sequential deactivation of two pairs of cylinders. A series of solenoids
were used to release the fulcrum on the intake and exhaust valves rocker arms. The
lifters and pushrods continued to operate as normal but the rocker arms sat
motionless and the valves remained closed due to valve spring tension. Opposing
pairs of cylinders were deactivated rather than a bank of cylinders as done today.
When increased engine power was required, the solenoids returned the rocker
fulcrums to their normal operating position and full valve operation resumed.
Highway fuel consumption was claimed to improve by around 30 percent with
cylinder deactivation.

DaimlerChrysler was the first company following Cadillac to apply cylinder
deactivation to mass produced cars [19, 20]. The first Mercedes models to appear
with cylinder deactivation were the European-spec 1999 CL600, S600 and CL500.
These vehicles were powered by either a DOHC 6.0 litre V12 or DOHC 5.0 liter V8.
This cylinder deactivation system involved deactivating half of the engine’s cyl-
inders and follows the common principle of keeping the intake and exhaust valves
closed preventing a fresh air-fuel charge entering the combustion chamber. The
valves of each cylinder are kept closed using a pair of arms that replace the con-
ventional engine’s roller-type rocker arm. One of these arms follows the cam profile
while the second arm connects to the valves. During normal engine operation the two
arms are joined by a locking pin. When cylinder deactivation is required, solenoid-
controlled oil pressure is used to move the locking pin. This disengages the two arms
and the valves remain in their closed position. The system was claimed to improve
fuel economy in city driving by 7 % and at steady cruise by 20 %.

Also released by DaimlerChrysler is the 5.7 liter HEMI V8 featuring cylinder
deactivation [19, 20, 22]. The system was introduced in the 2004 Chrysler 300C,
Dodge Magnum, Dodge Charger, Jeep Grand Cherokee, Dodge Durango, Dodge
Ram and Jeep Commander. This cylinder deactivation system is known as MDS
(Multi-Displacement System). MDS involves disabling 4 of the HEMI’s 8 cylinders.
It uses a special set of lifters which are referred to as lost motion devices. To enable 4
cylinder operations, the lifters are fed oil at high pressure. This oil pressure pushes
on an internal locking pin that causes the lifter to collapse. Once the lifter collapses,
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the camshaft is disengaged from the pushrod and valve and the cylinder is deacti-
vated. The system was claimed to improve fuel economy by 10-20 %.

After its association with the 1981 Cadillac, GM waited until 2004 to re-release
cylinder deactivation. The Displacement on Demand (DoD) system [19, 20, 23] was
initially released in the GMC Envoy and TrailBlazer SUVs. The Vortec 5.3 liter V8
runs on all 8 cylinders during start-up, idle and heavy acceleration but switches to 4
cylinder mode on light loads. Like the HEMI, the GM system employs specially
developed hydraulic lifters for the intake and exhaust valves. The lifters can be
collapsed by disengaging an internal locking pin. The locking pin is disengaged
using solenoids to alter oil pressure fed into the lifter. When the locking pin is
disengaged and the lifter collapses, the camshaft is isolated and the valves remain
closed. The system was claimed to improve fuel economy by 5-25 %.

For the 2005 model year, Honda introduced its Variable Cylinder Management
(VCM) [19, 20, 24] system to the 3.5 liter Odyssey and 3.0 liter Accord Hybrid
V6. Honda’s VCM system deactivates an entire bank of cylinders at light load.
Deactivation of cylinders is achieved by releasing a synchronizer pin that normally
interlocks the cam follower and rocker arms. The synchronizer pin is released
using hydraulic pressure which is controlled by a dedicated solenoid. Once the
synchronizer pin is released, the cam follower continues to move against
the camshaft but the rocker arms and valves remain in a closed position. The
Odyssey’s J35 3.5 liter VCM engine is claimed to return fuel consumption 10 %
percent better than the non-VCM version.

Several other manufacturers have recently incorporated cylinder deactivation in
their models. EPA (2008) suggests that CO, reductions associated to these systems
range from 6 to 8 % [25].

Apart from [4], where a more difficult electro-mechanical system was proposed
to deactivate both cylinders and pistons, all the previous solutions of cylinder
deactivation actually deactivate just the intake and exhaust valve controlling the
flow to and from an engine cylinder but not certainly the pistons. In this work, a
novel purely mechanical system is proposed to stop not only intake and exhaust
valves of deactivated cylinders, but also their pistons, thus savings significant
frictional losses and therefore further increasing the fuel conversion benefits at low
loads. In an internal combustion engine, typically the valve train assembly
accounts for a 7-15 % of total frictional losses while the piston assembly is
responsible for a 45-50 % of the total frictional losses [26—28]. This means that
while stopping the motion of the valves of half the cylinders of a V8 may reduce
total frictional losses by a few percent, stopping the piston motion in same
cylinders may reduce the total frictional losses by 25 %.

In the following sections, the piston motion deactivation mechanism is pre-
sented in details. Then engine performance simulations are proposed for a V8
gasoline and a V8 Diesel engine, the first stoichiometric with throttle load control
and the second lean burn with load control by quantity of fuel injected to assess the
benefits in term of fuel economy of the solution. The major area of concerns of the
mechanical design i.e. costs to benefits ratio, complexity, reliability, effectiveness
steady state and transient, packaging are considered.
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Fig. 1 a Piston deactivation mechanism with piston in the active position. b Piston deactivation
mechanism with piston in the deactivation position

2 The Piston Deactivation Mechanism

Figures 1 and 2 presents the principles of operation of the piston deactivation
mechanism. Figure 1a shows the piston in the active position, while Fig. 1b shows
the piston in the deactivated position. The mechanism is essentially an adjustable
four bar mechanism that comprises of an oscillating member positioned on the
opposite side of the cylinder relative to the crankshaft, and connects to the
crankshaft via the main con-rod. The piston connects to the oscillating mechanism
via a small con-rod, a pair of con-rod extensions and a link, keeping the ‘trian-
gular’ shaped mechanism in a fixed position. With this type of mechanism there is
always an offset between the cylinder centre line and the crankshaft. This offset is
of little consequence in V-type engines. For in-line engines this offset can be
relatively small and can be used to advantage for front drive vehicle applications.
The piston con-rod angular motion is very small throughout the piston cycle
reducing piston side load further contributing to lower piston friction. By rotating
the adjusting mechanism relative to the oscillators, the lower pins of the piston
con-rod are positioned to be concentric with the rotational axis of the oscillators. In
this position the piston motion is reduced to zero while the closed oscillating
mechanism remains in synch with the crankshaft at all times.

This relative motion is achieved via the use of a helical spline actuating system
(not shown) that allows activation and deactivation of the piston by a small axial
movement of an actuator. This can be either hydraulic, a solenoid or other
mechanical means. The relative angular motion can also be achieved by an internal
hydraulic system that allows deactivation of the internal pistons of multi cylinder
in-line engine as well as Vee engines. It is to be noted that all connections are pin
jointed and use known conventional technologies and production techniques.
Other techniques have been developed to avoid the need for an “offset” con-rod.

Figure 2a—c shows the internals of the typical V-6 engine in the two and four
pistons running configurations with an included angle of 25°. The engine length
and cylinder off set is not affected allowing standard heads to be maintained.
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Fig. 2 a V6 engine with front two pistons deactivated, b V6 engine with front two and back two
pistons deactivated, ¢ complete V6 assembly

The overall height is much the same however it is wider at the bottom and
narrower at the top due to the narrow V-angle. The V6 configuration requires a 1st
order moment balance shaft that can be accommodated within the sump area
driven at engine speed.

The same principle can be applied to V8 configurations allowing the external
four pistons to be deactivated. However it is now possible to deactivate internal
pistons in multi cylinder Vee engines. For the first time, the mechanism allows for
the separation of the main con-rod from the piston and allows numerous engine
configurations from V-types; in-line; boxer type; squat parallel; compact V-3s and
many others.

Initial dynamic simulation studies indicate that the inertia and combustion loads
on the various connections are within the bearing pressure limits of conventional
bearing materials. At the 5000 rpm limit, peak bearing loads at the various pin
connections are within the range of 10-25 MPa. However the big end bearing may
see peak load of 40 MPa. These loads are highly dependent on the configuration of
the mechanism and further refinements will substantially reduce these peak loads.
It has also shown that the engine can be balanced to acceptable levels at all piston
deactivation modes.

Computational results obtained for a three cylinder engine that has been con-
structed are presented in Fig. 3a—d. Figure 3a presents the modelled engine, while
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Fig. 3b—e respectively shows the balancing characteristics of the engine running at
different engine speeds on all pistons, with front or rear piston deactivated or with
front and rear piston deactivated. It is to be pointed out that the cylinder deacti-
vation is not intended to be used for heavy loads and high revolutions, but for low
loads and low revolutions.

For a V6 engine the peak values are similar but this engine would require a balance
shaft to improve the moments balance, running at engine speed in the opposite
direction. It is interesting to note that the vertical and horizontal forces are of the 3rd
order and within acceptable limits without a balance shaft. Another feature of the
mechanism is that on Vee engines the angle between banks of cylinders can be from
Zero (Parallel) to 60° without affecting balancing and firing order.

For what concerns friction, as a first approximation friction losses are modelled
by using a modified form of the Chen—Flynn correlation [29, 30]. The correlation
has a constant term (for accessory friction), a term which varies with peak cylinder
pressure, a third term linearly dependent on mean piston velocity (for hydrody-
namic friction) and a fourth term quadratic with mean piston velocity (for windage
losses). The equation used to calculate the Friction Mean Effective Pressure
(FMEP) is given below:

neyl

FMEP = Acf + Z |:Bcf c)l + Ccf (Sfact)[ + chf ' (Sfact)iz (1)

with: Sgpeq = Y2RPM-S, A.p, Ber Cor and Q¢ user inputs, P, the maximum
cylinder pressure, RPM the cycle-average engine speed and S the cylinder stroke.
Each cylinder has its own contribution to the total engine friction based upon its
own maximum cylinder pressure and stroke (folded into the speed factor, Sg.c().
A¢r is the constant portion of the Chen—Flynn friction correlation, B¢ the term
which varies linearly with peak cylinder pressure, C.s the term accounting for
hydrodynamic friction in the power cylinder which varies linearly with the piston
speed and Qs the term which varies quadratically with the piston speed and
accounts for windage losses in the power cylinder. In case of cylinder deactivation,
for sake of simplicity we assume the friction losses due to the alternative motions
of pistons and valves are proportional to the number of active cylinders. For
example, running half cylinder, we assume a reduction of 50 % of the friction
losses due to the alternative motions of pistons and valves.

3 V8 Gasoline Engine Results and Discussion

Engine performance simulations have been performed with the WAVE code [29]
for a V8 naturally aspirated gasoline engine. This engine, designed in the first half
of the nineties, has a displacement of 4.4 L (4,398 cm3), rated power of 210 kW
(286 HP) @ 5400 rpm and rated torque of 440 N-m @ 3600 rpm (redline at
6100 rpm). The fuel system is multipoint injection, the engine type is DOHC and
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Fig. 3 a In-line 3 cylinder engine model, b block forces and moments for an in-line 3 cylinder
engine, all the cylinder operational, ¢ block forces and moments for an in-line 3 cylinder engine,
front piston deactivated, d block forces and moments for an in—line 3 cylinder engine, back
piston deactivated, e block forces and moments for an in-line 3 cylinder engine, back and front
pistons deactivated

the catalyst is regular. The engine is naturally aspirated. Further details of the
engine geometry relevant to the modeling activities are presented in Table 1. The
engine is supposed to operate with all the 8 cylinders or with just 4. In this case,
both pistons and valves of the inactive cylinders are motionless. The Chen—Flynn
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Table 1 4.4 Litre V8 gasoline engine geometry

Displacement per cylinder 0.5498 No. of intake valve per 2
[litres] cylinder
Number of cylinders 8 Intake valve dia. [mm] 30
Engine layout V-8 Intake valve maximum 9
lift [mm]
Compression ratio CR 10 IVO [deg] 360 (0)
Bore B [mm] 92 IVC [deg] 622 (+82)
Stroke S [mm] 82.7 No. of exhaust valve per 2
cylinder
Connecting rod 143 Exhaust valve 27
length [mm] diameter [mm)]
Wrist pin offset [mm)] 0 Exhaust valve maximum 9
lift [mm]
Clearance volume [m3] 0.6108 x 10°* EVO [deg] 140 (—40)
Engine type S.IL EVC [deg] 392 (+32)

Table 2 4.4 Litre V8

- i A Engine operation V8 V8-4
gasoline engine friction
correlation parameters Acr [bar] 025 0.375
B.r 0.004 0.006
C.¢ [Pa-min/m] 500 750
Qcr [Pa-min®/m?] 1.5 2.25

correlation parameters are presented in Table 2. The values proposed in the table
follow the assumption of 50 % friction losses due to the alternative motions of
pistons and valves. Values of baseline constant refer to a standard configuration. It
is expected than the proposed mechanism could improve friction losses also when
running with all the cylinders.

Figure 4a—c presents the computed brake engine thermal efficiency, brake torque
and brake power for operation full load at wide open throttle, while Fig. Sa—c
presents the computed friction torque and brake engine thermal efficiency for
operation at 1 bar BMEP and brake engine thermal efficiency for operation at 2 bar
BMEP with all the cylinders active and just half of them operational. Experimental
results for torque and power are also presented in Fig. 4b, c. The values proposed in
Table 2 for the engine friction correlation parameters for the V8 operation are
obtained by fitting the difference in between the computed Indicated Mean Effective
Pressure IMEP and the measured Brake Mean Effective Pressure BMEP.

The engine has WOT top efficiencies around 36 % and top BMEP values
exceeding 12 bar. Operation with half the cylinders active reduces the friction
losses of about 25 %. This brings a first advantage in the low load operation. Then
operation of individual cylinders with double BMEP bring a second advantage in
the low load operation. Figure 5b, ¢ show the brake engine thermal efficiency can
be increased by values 10-17 % to values 15-22 % for operation at 1 bar BMEP
moving from low to high speeds, while improvements are less important but still
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Fig. 5 a Friction torque for operation at 1 bar BMEP with all the cylinders or half cylinders
active, b brake engine thermal efficiency for operation at 1 bar BMEP with all the cylinders or
half cylinders active, ¢ brake engine thermal efficiency for operation at 2 bar BMEP with all the
cylinders or half cylinders active

significant for operation at 2 bar BMEP where brake efficiencies can be increased
by values 17-24 % to values 21-27 % moving from low to high speeds. Con-
sidering these large naturally aspirated engines are typically working when
installed in large sedans covering driving cycles like the city drive portion of the
New European Driving Cycle (NEDC) the most of the time around 1 bar BMEP
and 1,500 rpm, the fuel economy in these points of operation may be improved by
more than 30 % (brake engine thermal efficiency 21.4 vs. 16.1 %, improvement in
fuel economy over these operating points 33 %).
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Table 3 4 Litre V8 turbo diesel engine geometry

Displacement per cylinder 0.4877 Number of intake valve per 2

(litres) cylinder

Number of cylinders 8 Intake valve diameter [mm] 27

Engine layout V-8 Intake valve maximum lift [mm] 8.5
Compression ratio CR 19.5 IVO [deg] 350 (—10)
Bore B [mm] 84 IVC [deg] 580 (+40)
Stroke S [mm] 88 No. of exhaust valve per cylinder 2
Connecting rod length [mm)] 150 Exhaust valve dia. [mm] 24

Wrist pin offset [mm] 0 Exhaust valve max. lift [mm] 8.5
Clearance volume [m’] 0.2636 x 10~ EVO [deg] 140 (—40)
Engine type C.IL EVC [deg] 370 (+10)
Table 4 4 Litre V8 turbo Ay [bar] V8 V8-4

diesel engine friction

correlation parameters Ber 0.35 0.525
Cr [Pa-min/m] 0.004 0.006
Q¢ [Pa-min*/m?] 400 600
A [bar] 1 1.5

4 V8 Diesel Engine Results and Discussion

Engine performance simulations have been performed with the WAVE code [29]
for a V8 turbo Diesel engine. This engine, designed in the second half of the
nineties, has a displacement of 4.0 L (3,901 cm3), rated power of 175 kW (238
HP) @ 4000 rpm and rated torque of 560 N m @ 1750 rpm. The fuel system is
direct injection, the engine type is DOHC and there is no catalyst. The engine is
turbocharged with intercooler. Further details of the engine geometry relevant to
the modelling activities are presented in Table 3. As in the previous application,
the engine is supposed to operate with all the 8 cylinders or with just 4. In this
case, both pistons and valves of the inactive cylinders are motionless.

The values of friction loss parameters proposed in the table below follow the
assumption of 50 % friction losses due to the alternative motions of pistons and
valves as in the previous application. Values of baseline constant refer to a stan-
dard configuration. It is expected than the proposed mechanism could improve
friction losses also when running with all the cylinders. The values proposed in
Table 4 for the engine friction correlation parameters for the V8 operation are
obtained by fitting the difference in between the computed Indicated Mean
Effective Pressure IMEP and the measured Brake Mean Effective Pressure BMEP.

Figure 6a—c presents the computed brake engine thermal efficiency, brake
torque and brake power for operation full load (maximum amount of Diesel fuel
injected) while Fig. 7a—c presents the computed friction torque and brake engine
thermal efficiency for operation at 1 bar BMEP and brake engine thermal
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Fig. 6 a Brake engine thermal efficiency for operation full load, b brake torque for operation full
load, ¢ brake power for operation full load

efficiency for operation at 2 bar BMEP with all the cylinders active and just half of
them operational. Experimental results for torque and power are also presented in
Fig. 6b, c.

The engine has full load 4 around 1.55, top efficiencies around 40 % and top
BMERP values around 18 bar. Operation with half the cylinders active reduces the
friction losses of about 25 %. This brings a first advantage in the low load oper-
ation. Then operation of individual cylinders with double BMEP bring a second
advantage in the low load operation. Figure 7b, c shows the brake engine thermal
efficiency can be increased by values 7.5-20 % to values 15-24 % for operation at
1 bar BMEP moving from low to high speeds, while improvements are less
important but still significant for operation at 2 bar BMEP where brake efficiencies
can be increased by values 14-26 % to values 21-30 % moving from low to high
speeds.

Considering these large turbo charged lean burn engines are typically working
when installed in large sedans covering driving cycles like the city drive portion of
the New European Driving Cycle (NEDC) the most of the time around 1 bar
BMEP and 1,500 rpm, the fuel economy in these points of operation may be
improved by more than 20 % (brake engine thermal efficiency 23.5 vs. 19.5 %,
improvement in fuel economy 21 %).
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Fig. 7 a Friction torque for operation at 1 bar BMEP with all the cylinders or half cylinders
active, b brake engine thermal efficiency for operation at 1 bar BMEP with all the cylinders or
half cylinders active, ¢ brake engine thermal efficiency for operation at 2 bar BMEP with all the
cylinders or half cylinders active

5 Conclusions

The paper has presented a new mechanism able to deactivate not only valve
motion as in standard cylinder deactivation mechanisms, but also piston motion.
This brings significant advantages in the low load operation thanks to the addi-
tional benefit of reducing friction torque in addition to the operation at higher
BMEP of the active cylinders.

Simulations performed for a V8 4.6 litres naturally aspirated gasoline engine
show deactivation of half cylinders may improve the fuel economy of operating
points typical of driving cycles of more than 30 %. Simulations performed for V8
4 litres turbo charged Diesel engine show deactivation of half cylinders may
improve the fuel economy of operating points typical of driving cycles of more
than 20 %.

If the benefits in terms of performance appear to be clear, the major area of
concerns of the mechanism are costs, complexity, reliability, effectiveness steady
state and transient, packaging.

It is obvious that the mechanism is more complex than the conventional piston—
conrod—crank arrangement, however all of the connections are pin jointed and are
easily pressure lubricated. The reliability should not be any different than a con-
ventional engine given that the bearing pressures can be designed to be within the
limits of conventional bearing materials, taking into consideration, the higher
inertia loads produced by the mechanism. This will also have a limitation on the
maximum engine speed, however engines adopting this approach, are designed for
economy rather than very high speed. For the larger engines and in particular
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diesel engines, the speed factor is generally not an issue as the mechanism can be
designed to operate effectively up to 5000 rpm.

The additional components will also add costs and weight. The components are
simple to manufacture in mass production and should not add more than 5-8 % to
the cost of the overall engine, and similarly to the overall weight. This additional
cost is miniscule compared to the fuel savings and can be recouped in a very short
time.

For in-line engines, the packaging is similar to a conventional engine except for
a small crankshaft offset that can be a benefit to front drive vehicles. For V type
engines the packaging is very similar to a conventional engine and should not
create any difficulties.

A prototype three cylinder 1.7 L piston deactivation engine has been completed
and will be tested to confirm the effectiveness of the mechanism. This engine is
based on one half of a GM Alloytec engine and utilizes the head, pistons and part
of the cylinder block. The engine can operate on one, two or three piston.

It is to be noted that all of the nominated mechanisms are covered by granted or
applied patents in the major vehicle producing countries.

While the cylinder deactivation is absolutely not a novelty, the way to achieve
this deactivation, extended from no motion of valves to no motion of valves and
pistons for the selected deactivated cylinders, is certainly an interesting new option
offered by this paper.

In addition to the elimination of the piston-ring frictional losses for the deac-
tivated pistons, the piston side force is substantially reduced due to the small
conrod-cylinder angle, thus reducing the side load portion of the frictional losses.
This reduction of side load friction may well compensate for the mechanism’s
extra pin joints frictional losses.
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Novel Crankshaft Mechanism
and Regenerative Braking System
to Improve the Fuel Economy

of Passenger Cars

Alberto Boretti and Joseph Scalzo

Abstract Improvements of vehicle fuel economy may be achieved by the intro-
duction of advanced internal combustion engines (ICE) improving the fuel con-
version efficiency of the engine and of advanced power trains (PWT) reducing the
amount of fuel energy needed to power the vehicle. The paper presents a novel design
of a variable compression ratio advanced spark ignition engine that also permits an
expansion ratio that may differ from the compression ratio hence generating an
Atkinson cycle effect. The stroke ratio and the ratio of maximum to minimum in-
cylinder volumes may change with load and speed to provide the best fuel conversion
efficiency. The variable ratio of maximum to minimum in-cylinder volumes also
improves the full load torque output of the engine. The paper also presents an evolved
mechanical kinetic energy recovery system delivering better round trip efficiencies
with a design tailored to store a smaller quantity of energy over a reduced time frame
with a non-driveline configuration. Simulations show an improvement of full load
torque output and fuel conversion efficiency. Brake specific fuel consumption maps
are computed for a gasoline engine 2 litres, in-line four, turbocharged and directly
fuel injected showings significant fuel savings during light and medium loads
operation. Results of vehicle driving cycle simulations are presented for a full size car
equipped with the 2 L turbo GDI engine and a compact car with a downsized 1 L.
turbo GDI engine. These results show dramatic improvements of fuel economies for
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similar to Diesel fuel energy usage and CO, production. The turbo GDI engines with
the alternative crank trains offer better than hybrids fuel economies if the vehicles are
also equipped with the novel mechanical kinetic energy recovery system (KERS)
recovering the braking energy to reduce the thermal energy supply in the following
acceleration of a driving cycle.

Keywords Fuel economy - Carbon dioxide emissions + Environmentally friendly
transport - Alternative crank train mechanisms - Variable compression ratio -
Atkinson cycle - Mechanical kinetic energy recovery systems

1 Introduction

Direct fuel injection (DI), turbo charging (TC) and downsizing are the major
features in stoichiometric gasoline engines currently being adopted to dramatically
improve the fuel economy during driving cycles and therefore largely reduce the
emissions of carbon dioxide. With these features, stoichiometric gasoline engines
still have lower top and part load fuel efficiencies versus higher compression ratio,
lean burning Diesel engines being controlled throttle-less by quantity of fuel
injected, but have the advantage of much higher power densities for a better
downsizing. Furthermore, stoichiometric gasoline engines have very low air pol-
lutant emissions thanks to the well established three-way catalyst technology to
meet future emission regulations much easier than Diesel [1, 2]. Major areas of
development are variable valve actuation (VVA), exhaust gas recirculation (EGR),
variable compression ratio (VCR), and alternative power cycles as well as crank
train mechanisms all to boost the fuel conversion efficiency. Aim of this paper is to
present a new crank train mechanism enabling variable compression ratio and
variable Atkinson effect applied to one of the latest turbo GDI engine.

The Atkinson cycle engine is basically an engine permitting the strokes to be of
different lengths. In the Atkinson cycle, the power and exhaust strokes are longer
than the intake and compression strokes and should result in better fuel efficiency.
Atkinson designed more than one engine to capitalize on this important property.
The original Atkinson cycle engine allowed the intake, compression, power, and
exhaust strokes of the four-stroke cycle to occur in a single turn of the crankshaft
and was designed to avoid infringing patents covering Otto cycle engines. Because
of the unique crankshaft design of the Atkinson engine, its expansion stroke can
differ from its compression stroke and, with a power stroke longer than its com-
pression stroke the engine can achieve larger thermal efficiency than a traditional
engine. The disadvantage of the four-stroke Atkinson cycle engine versus the more
common Otto cycle engine is reduced power density. Because a smaller portion of
the compression stroke is devoted to compressing the intake charge, an Atkinson
cycle engine does not take in as much charge as a similar Otto cycle engine would
do. Although the Atkinson’s original design is merely a historical curiosity, many
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modern engines use unconventional valve timing to produce the effect of a shorter
compression stroke/longer power stroke, but a few solutions have also been pro-
posed with a different means of linking the piston to the crankshaft [3-10].

Variable compression ratio is the technology to adjust internal combustion
engine cylinder compression ratios to increase fuel efficiency under varying loads
[11-25]. Higher loads require lower ratios to be more efficient and vice versa.
Variable compression engines allow for the volume above the piston at top dead
centre to be changed. For automotive use this needs to be done dynamically in
response to the load and driving demands. Output of spark ignition engines is
controlled by the quantity of mixture introduced within the cylinder. Occurrence of
knock limits the values of compression ratio and boost pressures that can be
adopted in turbocharged spark ignition engines or the compression ratio that may
be used in naturally aspirated spark ignition engines. If the compression ratio is set
to avoid knock in the most unsafe wide open throttle operating points, then
especially under light loading, the engine can lack torque. The solution is to be
able to vary the compression ratio to suit the reduced amount of charge introduced
within the cylinder. In all the variable compression ratio systems, the basic
advantage is the one that may follow the increased indicated efficiency of the cycle
actually not that much in absolute values (increasing the compression ratio the
efficiency increase but the theoretical curve has an asymptotic limit). But obvi-
ously small changes in absolute values of efficiency may produce large percentage
increases in fuel economy especially at very low loads. Coupling of variable
compression ratio to turbo charging may increase the options to achieve better fuel
economies through synergies with downsizing and pressure boost.

In the present approach, a new mechanism is defined to change not only the
compression ratio but also the length of intake, compression, expansion and exhaust
strokes as in Atkinson cycles. This system is employed to improve the light load
efficiency as well as to boost the full load output and efficiency seeking operation in
every point with same margins to knock and switching to expansion strokes longer
than compression strokes when more efficient at light loads. The system is fitted on an
in-line four cylinder turbocharged gasoline engine with direct fuel injection.

The idea of using a link of the piston to the crankshaft enabling both variable
compression ratio and variable ratio of the expansion to the compression stroke is a
novelty, as well as a novelty is the opportunity to use the technique to improve the
fuel economy over the full range of loads and speed and boost the power output.
Because the efficiency increase are limited (or the efficiency actually starts to
reduce) increasing the compression ratio over a certain value, we consider here a
maximum CR of 15.5:1 and a minimum CR of 9.5:1. The combustion chamber
shape is optimized for the 15.5:1 CR, and the lower CR of 9.5:1 is obtained by
increasing the piston to head clearances. The lowest CR operating conditions
therefore may suffer from poor combustion chamber shape in addition to the
penalty due to the reduced combustion pressure and temperature on the evolution
of combustion. With regards to the Atkinson cycle effect, the lengths of the
expansion, exhaust, intake and compression strokes differ. The TDC piston posi-
tions at the start of the expansion and the intake strokes, as well as the BDC
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positions at the start of the exhaust and compression strokes also differ. The
in-cylinder volumes in the two TDC and in the two BDC are therefore also
different. The CR ratio when the Atkinson cycle is enabled refers to the ratio in
between the maximum in-cylinder volume at the end of the expansion stroke and
the minimum in-cylinder volume at the beginning of the expansion stroke. We
consider here an exhaust to intake stroke ratio 1 (no Atkinson) to 1.05. Because of
the variability of the stroke, the two TDC and the two BDC volumes differ.
Therefore, CR with Atkinson is conventionally defined as the ratio of maximum to
minimum in-cylinder volume over the two strokes.

Regenerative braking is finally considered to reduce the thermal engine energy
supply when covering driving cycles characterized by accelerations following
decelerations, where part of the propulsive power needed to accelerate the car may
be the braking energy recovered with a regenerative device. Mechanical regen-
erative systems are much more efficient than electric regenerative systems per-
mitting almost double the round trip efficiency wheels to wheels [26-32]. While
first generation mechanical kinetic energy recovery systems (KERS) were deliv-
ering round trip efficiencies of 70 %, today’s second generation mechanical KERS
are designed to derive round trip efficiencies of almost 80 % thanks to the better
attention to the power and energy storage capacity and times of passenger car
applications and the focus on improving the efficiency of the constant variable
transmission that was the weak part of the first generation KERS design as well as
on the off driveline configuration.

2 Mechanism for Variable Compression and Stroke Ratios

The mechanism is comprised of a four bar mechanism that connects the piston to
the crankshaft via an oscillating member, positioned on the opposite side of the
cylinder relative to the crankshaft. The oscillating member is supported on an
eccentric shaft that rotates at half shaft speed preferably in the same direction as
the crankshaft, and driven by the crankshaft. A phasing mechanism between the
crankshaft and the eccentric shaft allows relative angular motion between the two
shafts. This relative motion allows the compression ratio to be altered continuously
between two set limits. The size of the eccentric and angular movement of the
control shaft determines the extent of the CR adjustment. The maximum angular
phasing is approximately 50° and is determined by the control shaft eccentric
offset generally not more than 5 mm.

Another feature of the mechanism is that it has an inherent Atkinson cycle
phase as well as an exhaust gas retention phase, at various settings of the CR
adjustment. Figure 1 shows the piston in the low and high CR positions at TDC
and BDC positions. For a typical small engine in this position, when the engine is
at a wider throttle open condition and under heavier loads, the induction stroke
may be a little shorter than the compression stroke (by about 2 %) and this may
produce a small supercharging effect. In addition, the induction stroke is shorter
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than the power stroke and this may produce an Atkinson effect (by about 11 %).
Also there is no exhaust gas retention. In the high CR position, when the engine is
at lower throttle settings and under lower loads, the induction stroke may be
shorter than the compression stroke (by about 6 %) and this may produces a
reasonable supercharging effect as well as the Atkinson effect (by about 11 %).
Also there is a small gas retention feature. The mechanism can be configured in all
in-line engines and all V type engines by having a control shaft for each bank of
cylinders in a back to back arrangement with a common crankshaft. By varying the
extent of the eccentric and the geometric position of the eccentric shaft, a number
of different characteristics can be achieved. For example, an Atkinson effect can be
achieved in both low and high CR of up to 20 and 10 % respectively.

It is to be noted that all connections are pin jointed and use known conventional
technologies and production techniques. The use of a forked piston con-rod allows
the main con-rod to be received in the cavity. Initial dynamic simulation studies
indicate that the inertia and combustion loads on the various connections are
within the bearing pressure limits of conventional bearing materials. It has also
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shown that the engine can be balanced to acceptable levels without the need of
balance shafts.

The baseline engine the VCR and Atkinson engine is derived from has a
compression ratio CR of 9.5:1. This is the value considered as the lower limit in
the Variable Compression Ratio mechanism. For the upper limit, the CR of 15.5:1
is selected to provide the best trade-off for performance and complexity of the
mechanism. Increasing the compression ratio, the engine brake thermal efficiency
increases. However, after a certain value of the compression ratio, these incre-
ments became smaller and smaller, and any further increases of the compression
ratio does not warrant the increased structural implications.

The occurrence of knock also limits the maximum compression ratio the engine
can use. When using higher compression ratios the turbocharger boosting should
be reduced to avoid knock by-passing the turbocharger through the waste gate
open. Finally, the complexity of the mechanism increases requiring larger varia-
tions, and this may brings additional frictional losses. This value CR = 15.5
follows a preliminary consideration of all these factors. A better analysis may very
likely suggest different upper as well as lower boundaries. The use of a variable
compression ratio permits to operate the engine close to a preselected margin to
the occurrence of knock. The compression ratio became another parameter to be
optimized over the speed and load range as it is for the waste gate opening and the
spark timing to deliver knock-free the best engine brake thermal efficiency or
maximize the torque and power output.

Combustion chambers designed for a CR of 9.5:1 usually do not need too much
of squish areas or crowned pistons. Therefore, if the combustion chamber is
designed in the variable compression ratio engine for a CR of 15.5:1, when the
reduced compression ratio is obtained by increasing the Top Dead Centre (TDC)
piston-to-head clearance, we can expect to move from a combustion chamber
better than the 9.5:1 fixed compression ratio one to another similar to the 9.5:1
fixed compression ratio one. We do not expect therefore higher engine out
emissions especially higher unburned hydrocarbon emissions when lower com-
pression ratio are used in the variable compression ratio mechanism. The com-
bustion chamber shape may be optimized for the higher CR of 15.5:1, with the
lower CR of 9.5:1 being obtained by increasing the piston to head clearances. The
lowest CR operating conditions therefore may suffer from the only relatively
poorer combustion chamber shape in addition to the penalty due to the reduced
combustion pressure and temperature on the evolution of combustion. The
mechanism permits to change freely the compression ratio in between the mini-
mum and maximum values. The response to changes in compression ratio is
similar to the response to the variable valve timing mechanism in modern engines,
however this is a subject that needs to be further investigated. The virtual elimi-
nation of piston side thrust due to the small piston conrod angular movement will
reduce piston friction and may well compensate for any friction caused by the
additional pin connections. This will also need to be further investigated.

With reference to the Atkinson cycle effect, the lengths of the expansion,
exhaust, intake and compression strokes differ. The TDC piston positions at the
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start of the expansion and the intake strokes, as well as the BDC positions at the
start of the exhaust and compression strokes also differ. The in-cylinder volumes in
the two TDC and in the two BDC are therefore also different. The CR ratio when
the Atkinson cycle is enabled refers to the ratio in between the maximum in-
cylinder volume at the end of the expansion stroke and the minimum in-cylinder
volume at the beginning of the expansion stroke. We consider here an exhaust to
intake stroke ratio 1 (no Atkinson) to 1.05. Because of the variability of the stroke,
the two TDC and the two BDC volumes differ. Therefore, CR with Atkinson is
conventionally defined as the ratio of maximum to minimum in-cylinder volume
over the two strokes.

The major areas of concern of the mechanism are costs, complexity, reliability,
effectiveness steady state and transient, packaging. It is obvious that the mecha-
nism is more complex than the conventional piston-conrod-crank arrangement,
however all of the connections use pressure lubricated conventional pin joints and
the eccentric shaft is hydro-dynamically lubricated. The reliability should not be
any different than a conventional engine given that the bearing pressures can be
designed to be within the limits of conventional bearing materials, taking into
consideration, the higher inertia loads produced by the mechanism. This will also
have a limitation on the maximum engine speed, however engines adopting this
approach, are designed for economy rather than very high speed. For the larger
engines the speed factor is generally not an issue as the mechanism can be
designed to operate effectively up to 5000 rpm. In comparison with other known
mechanisms used for VCR, this mechanism offers simplicity and compactness.
The additional components will also add costs and weight. The components are
simple to manufacture in mass production and should not add more than 5 % to the
cost of the overall engine, and similarly to the overall weight. This additional cost
is small compared to the fuel savings and can be recouped in a very short time by
the customer. For in-line engines, the packaging is similar to a conventional engine
except for a small crankshaft offset that can be a benefit to front drive vehicles. For
V type engines the packaging is very similar to a conventional engine and should
not create any difficulties. It is to be noted that patent protection has been applied
for the nominated mechanism in all the major vehicle producing countries.

While the variable compression ratio is absolutely not a novelty, the way to
achieve this variability and the control of this feature linked to a knock sensor to
operate all over the range of engine speeds and loads as close as possible to about
same margin to knock is certainly an interesting new option offered by this paper.

3 Engine Results for a 2 Litres Turbo GDI

Engine performance simulations have been performed with the GT-SUITE code
[33] for a 2 Litres in-line four cylinder turbo charged gasoline engine. The engine
geometry (baseline) is presented in Table 1. For the evaluation of benefits of the
alternative crank train mechanisms proposed here, there is no reason to modify the
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Table 1 2 L in-line four gasoline engine geometry

Displacement per cylinder (L)  0.4995  Number of intake valve per cylinder 2

Number of cylinders 4 Intake valve diameter (mm) 34.5
Engine layout L-4 Intake valve maximum lift (mm) 10.05
Compression ratio 10 IVO (deg) 358 (—=2)
Bore (mm) 86 IVC (deg) 619 (+79)
Stroke (mm) 86 No. of exhaust valve per cylinder 2
Connecting rod length (mm) 143 Exhaust valve dia. (mm) 31

Wrist pin offset (mm) 0 Exhaust valve maximum lift (mm) 10
Clearance volume (L) 0.0550 EVO (deg) 131 (—49)
Engine type S.L EVC (deg) 384 (+24)

design of the intake to follow the variable compression ratio or the variable
compression ratio and stroke ratio. Further refinements of the design of the engine
with alternative crank train mechanisms are certainly possible in both the intake
and the exhaust systems including pipe lengths and diameters as well as valve lift
profiles. These refinements may certainly further improve the brake fuel conver-
sion efficiency as well as the torque output.

A modified form of the Chen—Flynn correlation is used to model friction [33, 34].
The correlation has a constant term (for accessory friction), a term which varies with
peak cylinder pressure, a third term linearly dependent on mean piston velocity (for
hydrodynamic friction) and a fourth term quadratic with mean piston velocity (for
windage losses). Values used for the operation with all the cylinders are presented in
Table 2. A, is the constant portion of the Chen-Flynn friction correlation, B the
term which varies linearly with peak cylinder pressure, C,the term accounting for
hydrodynamic friction in the power cylinder which varies linearly with the piston
speed and Qrthe term which varies quadratically with the piston speed and accounts
for windage losses in the power cylinder. The equation used to calculate friction is
given below:

neyl
FMEP = Ay + - ZZ [BCf Pest)i + Cog - (Spact); + Qer - (Sar)i | (1)

with: Sp,ee = Y2:RPM-S, Ao; By Cor and Q. user inputs, P, the maximum cyl-
inder pressure, RPM the cycle-average engine speed and S the cylinder stroke.
Each cylinder has its own contribution to the total engine friction based upon its
own maximum cylinder pressure and stroke (folded into the speed factor, S,c,).
The proposed parameters for the FMEP correlations are those following fit of
experimental data from measured BMEP and IMEP (output of torque meter and
pressure cycles recorded through an in-cylinder pressure sensor) of the GDI turbo
engine with a traditional crank train. Despite the new crank train it is not expected
to have FMEP values differing too much from those defined above, the subject
obviously need further investigation, with assembly of an engine now planned for
future tests. Only these experiments may provide a better estimation of the FMEP
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Table 2 2 L in-line four

. . . Engine operation L-4
gasoline engine friction
correlation parameters Acy (bar) 0.3
By 0.006
C, (bar s/m) 0.09
Q. (bar s%/m?) 0

versus speed and load of the new engine with a novel crank train mechanism never
tested before.

Combustion is modeled using a non-predictive Wiebe combustion model [33]
with the look up table from the baseline configuration modified by using the
predictive Spark Ignition turbulent combustion model [33] simulations. Simula-
tions were performed with either (1) a non-predictive Wiebe function combustion
model [33] with angles for 50 % mass fuel burned and angles for 10-90 %
combustion tabled versus engine speed and BMEP from data measured for a GDI
turbo engine and a traditional crank train, and (2) a predictive Spark Ignition
turbulent combustion model [33] calibrated to reproduce these same experimental
data. These two models are very well known models adopted in engine perfor-
mance simulations over several decades with details eventually available in [33].
This latter predictive model properly calibrated was then used to evaluate the
combustion performances with variable spark timing for all the engine solutions
considered with the novel crank trains. Knock limited maximum brake torque
spark timings were obtained performing simulations for different values of the
spark advance and monitoring torque and knock index to select the best spark
advance within the constraints. It is worth mentioning that in consideration of the
fact the predictive spark ignition turbulent combustion model may fail in some
points of a full engine map, we decided to run the final simulations with a non-
predictive Wiebe function combustion model [33] having angles for 50 % mass
fuel burned and angles for 10-90 % combustion tabled versus engine speed and
BMEP from data measured for the GDI turbo engine and a traditional crank train
corrected for the results of the predictive spark ignition turbulent combustion
model for the actual engine crank trains simulated.

The simple knock model is based on the Douaud and Eyzat induction time
correlation [33, 35]. The induction time (ignition delay) in seconds is calculated at
every time step using the equation:

0.0186 A 3800
T=— °. (10%) P17 exp <A T) (2)
P T

where A, is a user-entered pre-exponential multiplier, ON the user-entered fuel
octane number (RON 95 in the particular application to gasoline), P the cylinder
pressure (kgi/cm?), A7 the user-entered activation temperature multiplier and 7 the
unburned gas temperature (K). In general, this induction time continually
decreases as combustion progresses and the unburned zone temperature rises. The
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end-gas auto-ignites (knocks) if the induction time is less than the flame arrival
time. The model assumes that auto-ignition occurs when:

ti
dt
T

1 (3)

t0

where 7, is the start of end-gas compression, #; the time of auto-ignition and ¢ the
induction time, defined above. This model is used just for a first computational
assessment of the advantages of the knock controlled variable compression ratio
operation. The model represents major factor affecting knock. At high compres-
sion ratios, even before spark ignition, the fuel-air mixture may be compressed to
a high pressure and temperature which promotes auto ignition. At low engine
speeds the flame velocity is slow and thus the burn time is long, and this results in
more time for auto ignition. At high engine speeds, there is less heat loss so the
unburned gas temperature is higher which again promotes auto ignition. All these
competing effects are included in the Douaud and Eyzat induction time correlation
[35] despite their description is quite simplified.

Modeling of turbo charged engines is not a novelty [33] and the baseline turbo
charged GDI engine was modeled as usual introducing the measured maps of
turbine and compressor, the one of turbine given as reduced speed, reduced mass
flow rate, pressure ratio and efficiency, and the one of the compressor given as
actual speed and mass flow rate, pressure ratio and efficiency. The waste gate
opening was adjusted to achieve stable operation within the mapped area and the
measured pressure out of the compressor of the baseline turbo charged GDI
engine. With alternative crank trains, the same turbocharger was used and the
waste gate opening was adjusted to get the maximum boost pressure compatible
with stable operation within the mapped area. The optimization of boost pressure
and compression ratio for maximizing the brake fuel conversion efficiency and the
brake torque output within the knock limits has not been performed at this stage
because the model of the FMEP with the alternative crank train mechanisms need
first to be improved to make this latter optimization meaningful. The scope of the
paper is to perform a first assessment of the performance increases of the novel
crank train mechanisms and not to compute the optimum compression ratio, direct
injector injection profile, spark advance and waste gate opening of the turbo-
charger coupled to the modified crank trains.

The compression ratio was selected to be the largest possible within the limits
of about the same knock resistance of the baseline GDI turbocharged engine in the
worst (for knock) operating point. The CR = 15.5 value of the maximum com-
pression ratio has been selected conservatively, and the largest values may pos-
sibly follow further refinements of the model. However, the relative benefits in
terms of efficiency and torque output reduce further increasing the compression
ratio, and it may not be reasonable for structural reasons to further boost the
compression ratio. For what concerns the Atkinson effect, the selection of the
stroke ratio is even more arbitrary than the selection of the maximum compression
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ratio described above, and a further optimized stroke ratio may follow a better
consideration of the compelling efficiency benefits and structural downfalls
making the mechanism more complicated.

Every user of GT-POWER knows that comparing engine concepts differing in
the crank train mechanism only may start the activity from a validated engine
model and then change only the minimum necessary in the model to avoid biasing
the results. The proposed approach has no downfall, with the only exception of the
prediction of FMEP. In the knowledge of the Authors, there is no tool able to
accurately predict the FMEP of a novel innovative crank train mechanism as the
one proposed. Unfortunately the use of the Chen—Flynn correlation [33] with the
same parameters of the baseline engine with a standard crank train is the only
option to produce an estimation of the FMEP the new mechanisms could have
before testing on an engine dynamometer a prototype of an engine with the novel
mechanism.

Figure 2 presents the in-cylinder volume over the 4 strokes of the engine for a
power stroke. The combustion Top Dead Centre (TDC) is located at 0° crank
angle. Figure 2 on left refers to the operation with variable ratio of minimum to
maximum volumes but no Atkinson cycle effect, while Fig. 2 on right refers to the
operation with the Atkinson cycle effect enabled.

Figure 3 presents the brake mean effective pressure (BMEP), brake efficiency
and power for operation full load with the 9.5 compression ratio determined by the
necessity to avoid knock around 3,000 Rpm, and for operation with a variable
compression ratio higher than that for a similar margin to knock over the full range
of engine speeds. The adoption of compression ratios larger than 9.5 improves the
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fuel conversion efficiency as well as the power and torque outputs especially at the
higher speeds. Operating at full load with variable CR, a CR = 9.5 is used at
3,000 rpm, while higher CR are then used above and below this engine speed. At
5,000 rpm, the maximum CR = 15.5 is used, while lower values are adopted at
low engine speeds. The 1,000 rpm is more critical for knock than the 2,000 rpm
and the knock likeliness for the 4,000 rpm is in between the 3,000 and the
5,000 rpm points.

Figure 4 presents the part load efficiencies operating respectively at 20, 15, 10, 5,
2.5 and 1 bar BMEP with the fixed compression ratio 9.5 and no Atkinson, with a
variable compression ratio 9.5-15.5 to maximize efficiency while keeping same
safety to knock and no Atkinson, and finally with the variable compression ratio 9.5—
15.5 and the Atkinson effect. Operating at part load with variable CR, as a general
trend the operating CR is increased when reducing the load, even if some exception
occurs especially at higher loads, where a lower CR may occasionally be required to
provide same propensity to knock than in a point at higher load and same speed. At
1 bar and 2 bar BMEP load, obviously CR = 15.5 at all the speeds. At full load, the
Atkinson effect produces a significant reduction in torque and power outputs.
However, starting from high loads there are some points of operation where the
engine benefits in terms of fuel conversion efficiency from adoption of the Atkinson
effect. The benefits of the variable compression ratio are already evident at high
loads. Reducing the loads, the benefits of the variable compression ratio are still
significant and the Atkinson effect further improves the fuel conversion efficiency. At
7.5 bar BMEP, the fuel conversion efficiency improves by up to 30 % thanks to the
coupled effect of variable compression ratio and Atkinson. At 5 and 2.5 bar BMEP
the coupled effect of variable compression ratio and Atkinson almost double the fuel
conversion efficiency. At 1 bar BMEP, the fuel conversion efficiency improvements
reduce but are still around 30-50 % better.

Due to the use of a same coefficient Chen—Flynn correlation, differences in
FMEP are minimal (only the different maximum pressure may introduce
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Fig. 4 Brake thermal engine efficiency with fixed compression ratio, variable compression ratio
(maximum efficiency limited by knock) and variable compression ratio and Atkinson effect for
operation at various BMEP

differences). Changes of pumping mean effective pressure PMEP are certainly
much larger but still not the driving force for brake fuel conversion efficiencies and
torque outputs. The use of the proposed novel crank train mechanism is not
expected to impact too much on the vehicle fuel economy through downsizing,
because the increases in FMEP currently neglected what may be significant
especially at higher speeds it may offset the increase in IMEP producing the
increase in top power output.

4 Kinetic Energy Recovery System

Fuel economy is measured over test cycles. The ECE + EUDC cycle is a test
cycle performed on a chassis dynamometer used for emission certification of light
duty vehicles in Europe [EEC Directive 90/C81/01]. The entire cycle includes four
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Table 3 Main characteristics of ECE and EUDC cycles

Characteristics ECE 15 EUDC
Distance (km) 4 x 1.013 = 4.052 6.955
Duration (s) 4 x 195 =780 400
Average speed (km/h) 18.7 (with idling) 62.6
Maximum speed (km/h) 50 120

ECE segments, repeated without interruption, followed by one EUDC segment.
Before the test, the vehicle is allowed to soak for at least 6 h at a test temperature
of 20-30 °C. It is then started and the emission sampling begins at the same time.
This cold-start procedure is also referred to as the New European Driving Cycle
(NEDC). The ECE cycle is an urban driving cycle, also known as UDC. It was
devised to represent city driving conditions, e.g. in Paris or Rome. It is charac-
terized by low vehicle speed, low engine load, and low exhaust gas temperature.
The EUDC (Extra Urban Driving Cycle) segment has been added after the fourth
ECE cycle to account for more aggressive, high speed driving modes. The max-
imum speed of the EUDC cycle is 120 km/h. Table 3 summarizes the parameters
for both the ECE and EUDC cycles.

Being cycles characterized by accelerations following decelerations, the energy
needed to re accelerated a car following a deceleration may be reduced recovering the
braking energy. This is done more efficiently with mechanical rather than electric
systems. It is a fundamental of physics that transforming energy from one form to
another inevitably introduces significant losses. This explains why the efficiency of
battery-based hybrids is so low for a regenerative braking cycle. When a battery is
involved, there are four efficiency reducing transformations in each regenerative
braking cycle. (1) Kinetic energy is transformed into electrical energy in a motor/
generator, (2) the electrical energy is transformed into chemical energy as the battery
charges up, (3) the battery discharges transforming chemical into electrical energy,
(4) the electrical energy passes into the motor/generator acting as a motor and is
transformed once more into kinetic energy. The four energy transformations reduce
the overall level of efficiency. If the motor/generator operates at 80 % efficiency
under peak load, in and out, and the battery charges and discharges at 75 % efficiency
at high power, the overall efficiency over a full regenerative cycle is only 36 %. The
ideal solution is thus to avoid all four of the efficiency reducing transformations from
one form of energy to another by keeping the vehicle’s energy in the same form as
when the vehicle starts braking when the vehicle is back up to speed. This can be done
using high-speed flywheels [26—32]. A mechanically driven flywheel system has
losses, due to friction in bearings and windage effects, which make it less efficient
than a battery-based system in storing energy for long times. Over the much shorter
periods required in cut-and-thrust traffic, a mechanically driven flywheel is much
more effective, providing an overall efficiency over a full regenerative cycle of more
than 70 %, almost twice the value of battery-based hybrids [26-32] (Fig. 5).

Figure 6 presents the prescribed velocity, acceleration, product of velocity by
acceleration and kinetic energy of a passenger car covering the NEDC. The
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Fig. 5 Schematic flywheel of the driveline (left) and a non driveline (right) mechanical hybrid
systems

acceleration is roughly the propulsive or the braking force per unit mass of the car,
while the product of velocity by acceleration is roughly the propulsive or the
braking power per unit mass of the car and the kinetic energy difference over a
braking event is roughly the theoretically available braking energy. Neglecting the
unrealistic final deceleration where the car comes to rest from 120 km/h in few
seconds that no European driver has possibly never covered and all the braking
energy with a mechanical KERS is lost, a passenger car KERS can be designed to
store less energy and with a smaller charging or discharging rate and over a
reduced time than a 60 kW-0.4 MJ 2009 F1 strategic KERS or a 120 kW-2 MJ
2014 F1 strategic and fuel economy KERS. The braking power is less than 7.5 W
per kg of mass of the car over the city driving sections. This translates in braking
powers of only 9 kW for a 1,200 kg car. The braking energy is less than 100 J per
kg of mass of the car over the city driving sections. This translates in braking
energy to be stored of only 120 kJ for a 1,200 kg car. These and not the F1 figures
are the numbers that passenger car KERS must be designed for.

While the first generation KERS for passenger car applications was derived
from the 2009 F1 KERS design [36, 37], the second generation KERS is being
developed for much smaller braking powers and braking energy than those of
2009/2011 and 2014 F1 KERS. Furthermore, the braking energy is used imme-
diately after stored, and this further facilitates the design. Also focusing on the
CVT that is the most inefficient part of the KERS and the off driveline configu-
ration working on the non motored wheels, the latest designs have shown the
opportunity to increase the round trip efficiency wheels-flywheels-wheels of a
regenerative braking event from the 70 % of the first generation to the 80 % of this
second generation while achieving a cost for mass production estimated in the
order of 600 $.
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Fig. 6 Prescribed velocity, acceleration, product of velocity by acceleration and kinetic energy
of a passenger car covering the NEDC

5 Vehicle Fuel Economy Results

New European Driving Cycle (NEDC) simulations have then been performed with
the Lotus Vehicle Simulation software [38]. In order to calculate the vehicle envi-
ronmental friendliness, we use here the fuel energy in addition to the CO, emission as
a parameter, and we use two conventional hydrocarbon fuels to replace pump Diesel
and Gasoline/Petrol. We use here the GT-SUITE reference fuels “Diesel no. 2" for
Diesel, and “Indolene” for Gasoline/Petrol [33]. For this conventional Diesel fuel, C
= 13.5, H = 23.6 and LHV = 43,250 kJ/Kg, while for the conventional Gasoline/
Petrol fuel C = 7.93, H = 14.8 and LHV = 43,950 kJ/Kg. Generally, the chemical
equation for stoichiometric burning of hydrocarbon in oxygen is:

CnHm+(n+§)-02—>n~coz+g-H20 )

and CO, emissions can be computed accordingly. Average CO, emissions from
these hydrocarbon fuels are computed considering an oxidation factor to be
applied to the carbon content to account for a small portion of the fuel that is not
oxidized into CO,. The IPCC [39] guidelines for calculating emissions inventories
require that for all oil and oil products, the oxidation factor is 0.99 (99 % of the
carbon in the fuel is eventually oxidized, while 1 % remains un-oxidized).
Therefore we assume a production of CO, of 2621 and 2332 g/L for Diesel and
Gasoline/Petrol fuels respectively.
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Table 4 Full size passenger  praccm (kg) 1810

car vehicle parameters Frontal area A (m?) 2250
Drag coefficient Cp 0.298
Rolling tire radius R (m) 0.3160
Transmission 5-speed automatic
Transmission ratios 3.22/2.29/1.55/1.00/0.75
Final drive ratio 2.730

The novel crank train mechanism is obviously expected to produce much larger
benefits during the city driving rather than the highway driving, but this obviously
depends on the actual engine BMEP and speed operating points covered during the
cycle and where they fall in the BSFC versus BMEP and speed map of the engine,
ultimately a function of vehicle mass and aerodynamic as well as of gear and final
drive ratios just to name the most influencing parameters.

5.1 Full Size Passenger Car

NEDC simulations have been performed first for a large full size passenger car
equipped with a 4 litres naturally aspirated gasoline engine and with the new 2 L
turbo GDI engine described above. The main vehicle parameters are summarized
in Table 4. The model has been validated for the car equipped with the 4 litres
naturally aspirated, port fuel injection gasoline engine, with computed fuel
economies within a 5 % of measured values. The cold start behaviour is simulated.
The vehicle model is then modified to use the brake specific fuel consumption
maps of the 2 litres high power density, turbo charged, direct injection, gasoline
engines with fixed compression ratio 9.5, variable compression ratio 9.5-15.5, and
finally variable compression ratio 9.5-15.5 and Atkinson cycle effects. These
changes that could be extremely costly on a real vehicle just require a few mod-
ification of the model to obtain fuel economies that are expected not to be that far
from actual values. Figure 7 presents the brake specific fuel consumption maps for
the 4 litres naturally aspirated gasoline engine and the 2 L GDI turbo charged
engines with fixed compression ratio, variable compression ratio and variable
compression ratio plus variable stroke ratio.

The 4 L, in-line six cylinders, throttle body controlled, naturally aspirated
gasoline engine with maximum power 190 kW and maximum torque 380 N m is
replaced by the high tech, 2L, in-line four, turbo charged gasoline engines
described above, having 164.0 kW maximum power and 464.5 N m maximum
torque with compression ratio 9.5 and 182.6 kW maximum power and 464.5 N m
maximum torque with variable compression ratio 9.5-15.5 (the Atkinson effect is
active at low loads only). Downsizing permits reduced top speeds but sharpest
accelerations with reference to the baseline large gasoline engine. Vehicle, tyre,
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Fig. 7 Brake specific fuel consumption maps for the a 4 L naturally aspirated gasoline engine,
b 2 L GDI turbo charged engines with fixed compression ratio (FCR), ¢ 2 L GDI turbo charged
variable compression ratio (VCR), d 2 L GDI turbo charged VCR and variable stroke ratio (ATK)

driveline and gearbox data are kept constant, as well as the shift strategy, that is the
one defined for optimum use of the 4L gasoline engine. During braking the fuel
flow rate is the zero BMEP value for the selected speed. The displacement effect
shifts up by a factor of 4/2 = 2 the operating BMEP versus engine speed of the
small engines. The naturally aspirated 4L gasoline engine works the most of the
time at 1.5 bar BMEP and 1500 rpm, while the turbocharged 2L gasoline engines
work the most of the time at 3 bar BMEP and 1500 rpm. Table 5 summarizes the
fuel economy results of the different engines.

Despite the shift strategy and that the gear ratios are not optimized for the 2 L
engine, all the three high power density TC GDI engines produce dramatic
improvements in the fuel usage over the cycle. While the 4 L gasoline engine uses
937 g of fuel to cover over the 1180 s total cycle time the 11.028 km distance
travelled of the NEDC for a fuel consumption of 11.3 L per 100 km, the down-
sized 2 L TC GDI CR = 9.5 engine already provides a 29 % better fuel economy,
with 738 g of fuel used in the test or a fuel consumption of 8.9 L per 100 km. The
adoption of the variable compression ratio VCR = 9.5-15.5 in the 2 L TC GDI
engine boost the fuel economy of an additional 12.7 %, while the further adoption
of the Atkinson effect expands of another 5.7 % the fuel economy benefits.

In terms of fuel energy, the small high tech engine 2 L TC GDI VCR = 9.5-15.5
with Atkinson effect therefore uses 53 % less fuel energy than the large naturally
aspirated low tech gasoline engine. This is due to the higher BMEP permitted by
downsizing (two times larger operating BMEP following the displacement ratio), the
larger top brake efficiency permitted by the high compression ratio, the cooling due to
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Table 6 CompacF size Mass m (kg) 1336
passenger car vehicle Frontal area A (m?) 29
parameters Drag coefficient Cp 0.298
Rolling tire radius R (m) 0.3080
Transmission 5-speed manual
Transmission ratios 3.778/1.944/1.185/0.816/0.625
Final drive ratio 3.389

direct injection, the high boost from turbo charging partially recovering the exhaust
waste heat, the spark advances closer to maximum brake torque, and the larger part
load efficiencies due to the factors above plus the variable compression ratio and the
Atkinson effect.

5.2 Compact Size Passenger Car

NEDC simulations have then been performed for a small compact size passenger
car equipped with a 1.6 L Diesel TDI engine and with a version downsized to 1 L
of the new 2 L turbo GDI engine described above. For sake of simplicity, the 1 L
turbo GDI engine is supposed to be obtained by scaling all the geometrical
parameters to produce (about) the same indicated specific fuel consumption (ISFC)
curves versus IMEP and speed but a curve of friction mean effective pressure
(FMEP) versus speed improved for the lower mean piston speed (stroke of 68 mm
vs. the 86 mm of the 2 L engine). Consequently, if AFMEP is the difference in
FMEP computed with the longer and shorter stroke, a very first approximation of
the BSFC curves versus BMEP and speed is obtained multiplying by the ratio
IMEP/(IMEP + AFMEP), while a very first approximation of the curve of WOT
BMEP versus speed is obtained dividing by the ratio IMEP/(IMEP + AFMEP).
These results are obviously only preliminary.

The main vehicle parameters are summarized in Table 6. The model has been
validated for the car equipped with the 1.6 L TDI Diesel engine, with computed fuel
economies within a 5 % of measured values. The cold start behaviour is simulated.
The vehicle model is then modified to use the brake specific fuel consumption maps
of the 1 L high power density, turbo charged, direct injection, gasoline engines with
fixed compression ratio 9.5, variable compression ratio 9.5-15.5, and finally variable
compression ratio 9.5-15.5 and Atkinson cycle effects. These changes that could be
extremely costly on a real vehicle just require a few modification of the model to
obtain fuel economies that are expected not to be that far from actual values.

The 1.6 L TDI Diesel engine with maximum power 81 kW and maximum
torque 250 N m is replaced by the high tech, 1 L, in-line four, turbo charged
gasoline engines described above, having 82 kW maximum power and 233 N m
maximum torque with compression ratio 9.5 and 91.3 kW maximum power and
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Fig. 8 Brake specific fuel consumption maps for the a 1.6 L TDI Diesel, b 1 L GDI turbo
charged engines with FCR, ¢ 1 L GDI turbo charged engines with VCR d 1 L GDI turbo charged
engines with VCR and ATK

233 N m maximum torque with variable compression ratio 9.5-15.5 (the Atkinson
effect is active at low loads only). Downsizing permits same top speeds and
sharpest accelerations with reference to the baseline Diesel engine because of the
low power density of lean burn Diesel. Vehicle, tyre, driveline and gearbox data
are kept constant, as well as the shift strategy, that is the one defined for optimum
use of the 1.6 TDI Diesel engine. During braking the fuel flow rate is the zero
BMEP value for the selected speed. The displacement effect shifts up by a factor
1.6 the operating BMEP versus engine speed of the small engines. Table 7 sum-
marizes the fuel economy results of the different engines.

Despite the shift strategy and the gear ratios are not optimized for the 1L
engine, the high power density TC GDI engines with VCR and with and without
Atkinson effect produce fuel usages over the cycle comparable to Diesel. The
adoption of the variable compression ratio VCR = 9.5-15.5 and Atkinson effect in
the 1 L TC GDI engine boost the fuel economy to values similar to those of best
available Diesel engines. Despite the Diesel has much better top as well as part
load fuel efficiencies for the lean combustion and the throttle-less load control by
quantity of fuel injected, the downsizing of the higher power density gasoline
engine and the part load benefits of VCR and Atkinson effect even in an engine
controlled by throttle and stoichiometric produce about same fuel energy economy
over the NEDC and about same CO, production. Figure 8 presents the brake
specific fuel consumption maps for the 1.6 L TDI Diesel engine and the 1 L GDI
turbo charged engines with fixed compression ratio, variable compression ratio and
variable compression ratio plus variable stroke ratio.
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Engine performance and vehicle fuel economy simulations are very well estab-
lished approaches; with very well know abilities to well predict engine and chassis
dynamometer results for engines and power train not differing too much from those
used for the preliminary validation of the model. The baseline model for the engine,
with turbo charging and GDI and a traditional crank train, and the baseline model for
the vehicle, with the measured BSFC versus BMEP and speed of the engine above as
an input and the traditional power train, are validated models. Changes in the crank
train mechanism that concerns the engine and in the kinetic energy recovery system
that concern the vehicle power train are not expected to reduce too much the reli-
ability of the results, even if their modeling certainly introduces the uncertainties
only of the final engine dynamometer and chassis vehicle dynamometer tests of the
prototypes engine and vehicle may dissipate.

6 Conclusions

The paper has presented a new mechanism able to change the compression ratio of
the engine as well as the ratio between the compression and the expansion strokes.
This brings advantages over the full range of loads and speeds. Operation with the
maximum compression ratio permitted by knock improves the fuel efficiency over
the full range of loads and also increases the maximum power output. Addition of
the Atkinson effect helps to further boost the medium to low load efficiency.

Simulations performed for a 2 L turbocharged GDI engine show that adjusting
the compression ratio from the low speed knock limited value of CR = 9.5:1 to
achieve about same margin to knock all over the range of engine speeds and loads
up to a CR of 15:1, the maximum power is increased by 11 % and the maximum
brake efficiency by 3.3 %, while operating at 1 bar BMEP and 2 bar BMEP fuel
conversion efficiencies are up to 10 % better. The benefits of the variable com-
pression ratio increase reducing the loads. The Atkinson effect further improves
the fuel conversion efficiency especially at very low loads.

At 7.5 bar BMEP, the fuel conversion efficiency improves of up to 30 % thanks
to the coupled effect of variable compression ratio and Atkinson. At 5 and 2.5 bar
BMEP the coupled effect of variable compression ratio and Atkinson almost
double the fuel conversion efficiency. At 1 bar BMEP, the fuel conversion effi-
ciency improvements reduce but are still around 30-50 % better.

Replacing a 4 L naturally aspirated gasoline engine of a full size car with the
2 L TC GDI engines produce dramatic improvements in the fuel usage over the
NEDC cycle. While the 4 L gasoline engine has a fuel consumption of 11.3 Litres
per 100 km, the downsized 2 L TC GDI CR = 9.5 engine provides a 29 % better
fuel economy, with a fuel consumption of 8.9 L per 100 km. The adoption of the
variable compression ratio VCR = 9.5-15.5 in the 2 L TC GDI engine boost the
fuel economy of an additional 12.7 %, while the further adoption of the Atkinson
effect provides another 5.7 % to the fuel economy benefits.
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Replacing a 1.6L TDI Diesel engine of a compact size car with the 1L TC GDI
engines produce about same fuel energy usage and CO, production with variable
compression ratio VCR = 9.5-15.5 and the Atkinson effect, with a fuel economy
of 4.2 L of gasoline fuel and less than 100 g of CO, per km.

Further improvements of the engine fuel conversion efficiency is achieved by the
adoption of fully variable valve actuation (VVA) and exhaust gas recirculation
(EGR) to control the load throttle less thus reducing the pumping losses as well as to
improve the efficiency of the combustion process changing speed and load [40, 41].

Significant improvements of the vehicle fuel economy may be further enhanced
by the adoption of a purely mechanical flywheel based Kinetic Energy Recovery
System (KERS) [36, 37] dramatically reducing the amount of energy to be delivered
by the thermal engine. The 1 L TC GDI engine with variable compression ratio and
Atkinson effect installed on a compact car may permits when coupled to a first
generation kinetic energy recovery system a fuel economy of 1.13 MJ of fuel energy
per km and tailpipe CO, emissions of 79.8 g of CO, per km.

The fuel economy and the tailpipe CO, emissions may be further reduced to
1.09 MJ of fuel energy per km and 77.1 g of CO, per km by moving to second
generation KERS specifically developed for the low power and low energy storage
and short times of the passenger car applications, where also focusing on the CVT
and using non driveline configurations the round trip efficiencies of the regener-
ative braking process are currently projected to the 80 % mark from the previous
70 %.

In terms of CO, reduction, an evolutionary breakthrough may be the eventual
replacement of fossil fuels like gasoline with bio fuels like ethanol being almost
carbon neutral in the short term rather than over geological ages. The bio ethanol also
has the advantage of the increased resistance to knock especially in a direct injection
engine, thanks to the better octane number as well as the larger heat of vaporization,
translating in higher compression ratios, spark timings closer to maximum brake
torque and higher boost pressures than gasoline, for better fuel conversion efficien-
cies and power density the latter permitting further downsizing [40, 41].
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Experimental Investigation on Fuel Spray
Optimization in Gasoline Direct Injection
Engine

Bo Jiang, Xiaoliang Pan, Fafa Liu, Chaojun Wang
and Xiaochuan Feng

Abstact Optical Visualization system was applied to record images of the processes
of spray, mixed gas formation and combustion in a homogenous GDI engine. Fuel
spray was optimized by visual analysis of the images, thus improved the quality of
mixed gas and combustion in the cylinder, it can provide the reference for injector
selection and EMS calibration.

Keywords Endoscope - Spray - GDI - Heat release rate - Wetting

Definitions/abbreviations

A Relative air-to-fuel ratio

WOT  Wide open throttle

SOl Start of injection

MFB  Mass fraction burned

CA Crank angle

BSFC Brake specific fuel consumption
IMEP Indicative mean effective pressure
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1 Introduction

In the recent years, as fuel consumption and emissions control regulations become
more severe, improvement in fuel efficiency and reduction in exhaust emissions
are the main goals. The concept of turbocharged downsized engine has the
potential to achieve such goals. Compared with PFI engine, fuel-air mixture
preparation is in the cylinder in GDI engine, fuel vaporizes to drop the gas tem-
perature, and that the mixed gas stays less time in the cylinder therefore knock
tendency is down, this is the advantage of GDI engine to apply turbocharged
technology. Furthermore, compared with homogenous charge mode, layered lean
charge mode has disadvantages in emission control and combustion stability, and
that the quality of domestic gasoline restricts extend of layered lean mode GDI.
Overall, homogenous GDI engine becomes the trend of domestic gasoline now.

Intake port of the conventional PFI engine is like a preparative volatilization
chamber, it increases the time of fuel evaporation. For fuel directly inject in the
combustion chamber in GDI engine, the time of fuel vaporization is so short that it
is difficult to form homogenous mixed gas, and that fuel direct injection may
engender wall wetting. It makes the rich gas around burn incompletely, thereby
solid particle and HC emissions increase. If wetting is excessive, it would also
affect fuel consumption and oil dilution badly.

2 Experimental Study

The engine used in the present work is shown as Table 1. Figures 1 and 2 show the
spray images of selected Delphi 6 holes injector, it shows with 50 and 100 bar rail
pressure slightly separated streams. Spray penetration with 150 bar compared to
100 bar results in more droplets with smaller sizes.

AVL Visioscope system was applied in the experimental study. At first,
endoscope and light guide was installed for optical access to the combustion
chamber, and record of engine synchronized images of spray, mixed gas formation
and combustion on crank angle base by a camera, then post-process and analyze
these images compared with reference records. As the max recording rate of the
system is limited, it is unable to record image by every degree of crank angle, it
records an image at the preset angle position every one or two cycle, merge the
images recorded at different angles together as one cycle. For combustion stability
in homogenous GDI engine is not bad generally, this new method of visual
analysis is resultful to contrast macrocosmically images of spray, mixed gas for-
mation and combustion under different injection strategies.

According the cylinder size parameters, design how to install endoscope and
light guide, and find out the best view to observe injection and combustion phe-
nomena, as shown in Fig. 2. At the same time make sure there is no interference
between the adapter and the peripheral engine parts, as shown in Fig. 3. Straight
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Table 1 Basic engine characteristics

Concept 4cyl. in-line, air guide GDI, turbocharged
Combustion mode Homogenous, 2 = 1

Valve train DVVT

Displacement 1.499L

Compression ratio 9.7:1

50bar

100bar

150bar

Fig. 1 Injector spray image

Fig. 2 View cone of
endoscope and light guide
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Fig. 3 Layout of optic access

Cooling Air
Camera Holder

Illumination Endoscope

Fig. 4 Installation of experimental rig
forward view endoscope and light head are adaptive to view the sight through the

optical access to the combustion chamber with almost no combustion interference.
Figure 4 shows the experimental rig for injection and combustion visualization.

3 Results and Discussion

3.1 Visual Analysis of Spray and Combustion

Spray of homogenous GDI engine is during the intake stroke generally, thus get
more time to form homogenous mixed gas. If injection timing is too early, spray
tip penetration over the top of piston will cause wall wetting, and that cylinder
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Fig. 5 Spray images during the intake stroke

pressure and airflow rate is low, spray resistance will be less, it go against spray
break up into more droplets, and increase the risk of touching cylinder wall. In the
other way if injection timing is too late, there will be no enough time to form
homogenous mixed gas. So injecting at the optimal time and making the airflow
tumble strongly is good for spray vaporization and fuel—-air mixture.

Figure 5 shows the process of spray vaporization in the intake stroke. The white
brume injected is made of a great many fuel droplets, and we can observe that
whether spray tip touch the cylinder wall with different angles of view. Along with
fuel vaporizing, the picture becomes clearer. It can provide the reference for spray
development by contrasting the pictures of wall wetting and vaporization rate.

When engine load is high, split injection sometimes is necessary, usually the
first injection is during intake stroke, and the second injection is during com-
pression stroke. As shown in Fig. 6, when the second injection starts, there are a
lot of droplets not vaporized completely.

The shape of spray in compression stroke is like as single injector spray image,
fuel bunch of each hole diffuses and vaporizes rapidly.

If the quality of mixed gas is bad, liquid fuel will stay on the surface of piston
and cylinder wall, it burnings with visual flame, as shown in Fig. 7. Actually they
are the soot resulted of incomplete combustion, because liquid fuel gasify into rich
gas above the surface. As the light of Visoscope system cannot penetrate through
the thick soot, it reflects visible light that we saw. Normally, complete combustion
of homogenous gas is sightless.
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Fig. 6 Spray images during the compression stroke

Fig. 7 Flame image of
incomplete combustion

37.0 deg CA

3.2 Effect of Optimizing Spray on Combustion

As shown in Fig. 8, at 1500 r/min WOT original SOI was —285°CA, there is a bit
visible piston wetting, result in the soot flame in the evening of combustion. As
SOI advanced, more wetting and soot flame is created. Whereas SOI delayed, the
flame of abnormal combustion reduces visibly. As the quality of mixed gas
improves, the rate of heat release grows and combustion stability is better, fur-
thermore it is helpful to BSFC, as shown in Figs. 9 and 10. When the SOI is close
to the optimal point, the rate of heat release is hardly any affected.
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SOI-310°CA SOI-285°CA SOI -270°CA SOI -250°CA

A0 deg £5 1D deg A T 1D g A

ey £

Fig. 8 Combustion images with different SOI

4 Conclusions

An experimental study was performed to investigate on fuel spray development
and combustion visualization by using AVL Visioscope system in a GDI engine.
By images contrast and cylinder pressure analysis, injection pressure, proportion
and timing were all optimized, it can be concluded that it’s an effective way to
enhance the fuel-air mixing and hence to improve the engine performance.
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Fig. 9 Rate of heat release
with different SOI

Fig. 10 BSFC and IMEPcov
with different SOI

B. Jiang et al.
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e Spray development can reduce wetting and hence to reduce HC and particle
emission as well as oil dilution.
e When wetting was excessive, rich gas would be formed in part area above the
surface, burning with visual flame which are the soot resulted of incomplete

combustion.

e The result shows that, injection timing optimization is very important for
improving the quality of mixed gas and combustion. If injection timing is too
early, the mixture will be not homogenous and wetting becomes grave as well as
unusual flame is more. Those make the heat release slowly and affect the
combustion stability and fuel consumption. When start of injection is close to
the optimal point, the effect will be less and the fuel consumption is lower.



Experimental Investigation on Fuel Spray Optimization 53

References

1. Mittal M (2011) High-speed flow and combustion visualization to study the effects of charge
motion control on fuel spray development and combustion inside a direct-injection spark-
ignition engine. SAE technical paper, 2011-01-1213, MSU College of Engineering

2. Yang S, LiJ, Li D (2007) Development trend of GDI engine, automobile engineering, issues 5,
2007-10

3. Yu P, X, Zhang, J Zeng (2010) Numerical method analysis of the processes of mixed gas
formation in GDI Engine, Design compute research, issues 11



Improvement of Fuel Economy

and Vehicle Performance Through
Pneumatic Regenerative Engine Braking
Device (Reneged)

Yan Zhang, Choyu Lee, Hua Zhao, Tom Ma, Jing Feng, Zhiqiang Lin
and Jie Shen

Abstract Over the last few years, a new and cost-effective pneumatic regenera-
tive engine braking (RegenEBD) concept has been researched and developed in
order to improve the fuel economy of inner city buses. The RegenEBD concept is
realised by swapping a standard engine braking device from the exhaust side to the
intake side and implementing a proprietary one-way intake design. The engine is
operated as a compressor during the vehicle deceleration through the action of
RegenEBD so that the vehicle’s kinetic energy can be converted into pneumatic
energy in the form of compressed air. Regenerative stop—start can then be realised
through the use of a standard air starter motor. In this paper, the prototype
RegenEBD engine and bus are first presented. This is followed by a discussion on
the engine testing results and preliminary bus driving tests. Experimental results
show that the fuel economy can be improved by 5-10 % for inner city buses, and
there is potential for improved vehicle performance through instant boost by the
regeneratively produced compressed air.

Keywords Pneumatic - Regenerative - Engine braking - Air hybrid - Stop-start
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1 Introduction

It is recognised that the hybrid powertrain with regenerative energy recovery is one
of the most effective means to low carbon vehicles in the short to medium term. In
the city and urban areas where a lot of stop—start operations are involved, the most
beneficial way for the buses and delivery vehicles to save fuel is to recovery the
regenerative energy and switch off the engine when stationary. Over the last few
years, a number of electric hybrid buses were developed and introduced to the
public transport in big cities in the world, such as London and New York.
Compared to the conventional diesel buses, the electric hybrid buses in London
achieved on average around 15 % fuel saving [1]. It is also found that a double
decker bus can cost 50 % extra when it is modified from the convention diesel bus
to an electric hybrid bus [2]. According to the gain in fuel consumption on the
electric hybrid bus, the payback period will be estimated to be about 20 years.

Another way to realise the hybrid powertrain concept is to store the regener-
ative energy in the form of compressed hydraulic fluid. Vehicles equipped with
this system are called Hydraulic Hybrid Vehicles (HHV), which have high braking
power density and are very suitable to the stop—start operation [3]. Similar to the
electric hybrid, the hydraulic hybrid powertrain involves a completely separate and
additional hydraulic motor to the existing vehicle and a new vehicle transmission
system, the cost and weight would be expected to be high though perhaps less than
the equivalent electric hybrid.

Unlike the electric and hydraulic hybrids, air hybrids can be implemented
without adding an additional power unit to the vehicle and installing a new
transmission system when it is applied to a reciprocating internal combustion
engine. In this case, the engine itself works as a compressor during braking/
deceleration or an expander for starting/acceleration, transmitting power through
the pistons and the crankshaft of the engine thus braking or propelling the vehicle
using the existing drivetrain of the vehicle. For buses and parcel delivery vehicles,
pneumatic energy can be stored at moderate pressure (<10 bar) in an existing air
storage tank, which is initially designed for storing the service air on the bus [4].
This system recovers the vehicle’s kinetic energy through engine braking and
reuses the stored compressed air for stop—start operation. A low cost and practical
solution has been proposed to implement the regenerative engine braking system
on the inner city buses [5-7].

In the previous work [5, 6], authors had presented the modelling results of the
RegenEBD system. The vehicle driving simulation shows good fuel consumption
improvement in both Millbrook London Transport buses and Braunschweig
driving cycles. In this paper, the functionality of the most popular bus engine
equipped with a new RegenEBD system is investigated and discussed. This is
followed by the results of a prototype RegenEBD bus driven in two China city bus
driving cycles.
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Fig. 1 Schematic diagram of
the RegenEBD system

Air starter

2 Principle of Operation

The schematic diagram of the engine with a RegenEBD system is shown in Fig. 1.
The RegenEBD system allows the pneumatic regenerative engine braking to be
realised by swapping a standard engine braking device from the exhaust side to the
intake side and implementing a proprietary one-way intake design,. The function
of the introduced components in the system enables the engine to be operated in
the normal firing mode, compressor mode and stop—start mode. Firstly, a reed
valve is installed close to the intake port and allows the air to be introduced into
the cylinder in both normal firing mode and compressor mode. The variable valve
exhaust braking (VVEB) device, shown in Fig. 2 is installed on one intake valve
and is actuated in the compressor mode during the vehicle deceleration operation.

Figure 3 shows the valve timing diagrams for the normal firing mode and the
compressor mode. During the normal firing mode, both intake and exhaust valves
operate with their default lift profiles. During the vehicle braking operation, the
fuel injection is switched off and the VVEB is actuated so that one intake valve
remains open with a 1.25 mm lift after the intake stroke. As shown in Fig. 4, the
induced air is compressed into the air tank through one intake valve and the check
valve during the compression process, working as a 4-stroke compressor driven by
the kinetic energy of the decelerating vehicle. The compressed air stored in the air
tank can then be used to crank start the engine through the air starter motor
mounted on the engine’s flywheel. Thus, the regenerative stop—start operation can
be achieved with fairly simple control measures.
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Fig. 2 Schematic of the VVEB device

Intake  Compression Expansion  Exhaust

/ N \ Nprmal
\ . fiina mode
/N
! NN / \  Compressor
A | \ mode
Intake valve (VVEB) - —- Exhaust valves
—— Intake valve = = Check valve

Fig. 3 Engine valves and check valve timing for the normal firing mode and compressor mode
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Fig. 4 Four-stroke engine cycle for the normal firing mode (a) and compressor mode (b)

3 Experimental Setup
3.1 RegenEBD Engine Test Bed

Figure 5 shows the RegenEBD engine on a test bed. The YC6A 6-cylinder diesel
engine is widely used in the inner city buses in China. Details of the engine and
characteristics of various valves are given in Tables 1 and 2 respectively. A sand-
wich plate, which accommodates six reed valves, is installed between the engine
intake port and manifold. On the bottom of the sandwich plate, 6 one-way check
valves are screwed in and the other end was connected to a joint volume, which is
connected to an air tank via a flexible hose for collecting the compressed air during
the air charging process. In order to store sufficient amount of compressed air for the
usage of the air starter, the size of the air tank is 160 L according to the recom-
mendation of the air starter manufacturer [8]. The engine is coupled with a 230 kW
AC motor dynamometer so that the engine can be operated in both the normal firing
mode and compression mode by applying braking and motoring torque respectively.
The VVEB valve is installed on the intake side in the cylinder head under the
cylinder head cover and it is controlled by an addition control unit.

3.2 Prototype Bus Specification

As shown in Fig. 6, the prototype bus is modified from a widely used city bus in
China, of which the specifications are shown in Table 3. The modification is on the
diesel engine only. Therefore, the bus can operate as usual when the RegenEBD
system is disabled.
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Fig. 5 RegenEBD engine test bed

Table 1 Engine dimensions
and characteristics

Table 2 Valves dimensions
and characteristics for each
cylinder

Number of cylinders
Cylinder bore

Piston stroke
Displacement volume
Compression ratio

Rc in air hybrid mode

105 mm
132 mm
725 L
17.5:1
4.23:1

Intake valve

Diameter

Opening point (normal)
Closing point (normal)
Maximum lift
Exhaust valve
Diameter

Opening point

Closing point
Maximum lift

Throttle valve
Diameter

Check valve

Diameter

2

32.5 mm

61° before TDC
91° after bottom dead centre (BDC)
9.6 mm

2

29.5 mm

105° before BDC
67° after TDC
9.7 mm

1

32.4 mm

1

25.4 mm

4 Results and Discussion

4.1 Air Charging Tests

During the compressor mode operation, compression will take place with an
enlarged volume at the top dead centre because of the additional auxiliary volume
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Fig. 6 City bus with . ‘_
RegenEBD installed on board A a

W

Table 3 City bus

. . Kerb weight 16500 kg

specifications [9] Aerodynamic drag coefficient 0.5
Frontal area 5.69 m?
Air density 1.225 kg/m®
Wheel radius 0.508 m
Rolling resistance coefficient 0.013
Air tank volume 151 L
Starting tank pressure 6 bar
1st gear ratio 6.9:1
2nd gear ratio 4.13:1
3rd gear ratio 2.45:1
4th gear ratio 1.49:1
Sth gear ratio 1:1
Final drive ratio 5.125:1
Additional mass of air starter 15 kg
Additional mass of air tank 100 kg

formed between the intake valves, the Reed valve, and the check valve for each
cylinder. The effective compression ratio will be less than the engine’s geometric
compression ratio. It will determine the maximum pressure the air tank can be
topped up and the air charging efficiency of the system in the compressor mode.
The effective compression ratio of the RegenEBD system was calculated from the
pressure trace measured in the intake port when the engine was running in the
compressor mode. Figure 7 shows the intake port pressure trace in the compressor
mode at 1500 rpm obtained from a piezo-resistive pressure transducer. It can be
seen that there was a lag between the intake port pressure and in-cylinder pressure
calculated from the adiabatic compression equation, because of the low intake
valve lift activated by the VVEB device in the compression and expansion strokes.
Although the peak pressure in the intake port is 6.2 bar, the pressure drop across
the check valve and flow losses in the pipe, the maximum pressure the air tank
could reach was about 5.3 bar.

The air tank charging rate was also investigated at engine speeds between 800
and 2000 rpm. The tests were carried out by running the engine in the normal
firing operation conditions. As soon as the ECU received the braking signal from
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the brake pedal, fuelling was cutting off and the VVEB valve was switched on.
Then the RegenEBD was enabled and the engine was running as a compressor.
Figure 8 shows the tank pressure values against the engine cycles at different
engine speed. When the engine topped up the air tank from the ambient, it took
more cycles for the tank pressure to get to the maximum. During the real bus
driving operation, the tank pressure will be always over 4.2 bar, as the minimum
tank pressure to successfully drive the air start is 4.7 bar and the pressure drop of a
single start by air starter is 0.5 bar. Therefore, only the data over 4.2 bar in the
curve (in the orange box) will be of use when the bus is running in the real driving
cycles.

Figure 9 shows the engine braking torque generated by the engine running in
the compressor mode in the speed range from 800 to 2000 rpm. It can be seen that
in the first cycle when the engine was switched into the compressor mode from the
normal firing mode there was a sudden dip on each curve, i.e. a surge in braking
torque. This is because the charging rate was the highest in the first brake cycle. As
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the tank pressure increased, the braking torque started to decrease. Since the
braking torque generated by the engine in the compressor mode is much less than
the total braking torque required by the vehicle, the existing brake system on the
bus is used during braking without implementing additional control over the
RegenEBD or altering the existing brake system.

4.2 Starting Test Using Air Starter

Figure 10 shows the warm start-up process of the engine cranked by the air starter
when the coolant temperature is 80°C and the air tank pressure is 4.7 bar. It can be
seen that it took about 1.5 s for the engine to start from O to 800 rpm where engine
was ready to drive the vehicle. During the cranking process, the tank pressure
dropped from 4.7 bar down to 4.2 bar when the engine was motored to the crank
speed of 200 rpm, when the fuel injection started. Any pressure lower than 4.7 bar
will cause unreliable starting processes.

4.3 Prototype RegenEBD Bus Running in City Bus
Driving Cycles

The prototype bus test was done with the same bus running in the bus driving
cycles of two typical cities in China. The fuel consumption was measured by
weighing the fuel tank on the bus before and after running the driving cycle, and
then converted into specific fuel consumption from the mileage shown on the dash
board. Figure 11 shows the measured specific fuel consumption in two city bus
driving cycles. City A is a typical big city in China, and City B. relatively small
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city. 5.76 % fuel saving was achieved on the RegenEBD bus in City A. However,
in City B there was no significant fuel saving as in the big city the road condition is
much better so the bus can run at relatively high speed. As a result, more air can be
charged during each brake/deceleration process, so the engine can be switched off
during idle. In City B, the bus was running at lower speeds because of the road and
traffic conditions. In this case, less air can be stored through RegenEBD. When the
air tank pressure was lower than 4.7 bar, the engine was not switched off to avoid
the risk of failure to restart the engine. To overcome this problem, the engine belt
driven compressor was connected to the tank for further topping up the air tank.
With the compressor charging, the RegenEBD system has enough air in the tank
for restarting the engine. Then more switch-offs during idle occurred, which
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reduced the fuel consumption by 8 % in City B driving cycles. The same method
was also applied on the engine to restore more air in the tank for more stop—start
operations in City A driving cycle. Results show that the fuel consumption was
further reduced so that a reduction of 9.45 % was achieved compared with that of
the original bus.

5 Conclusions

A cost-effective pneumatic regenerative stop—start hybrid system (RegenEBD) for
buses and parcel delivery vehicles has been proposed and investigated on a bus
diesel engine on an engine test bed. A city bus equipped with the RegenEBD
engine was commissioned to demonstrate the potential of the RegenEBD.

The engine testing results show that the compressed air could be generated
using simple production components and the air starter was a simple and effective
ways to achieve regenerative stop—start operations.

The demonstrate bus results show that the fuel economy can be improved by
5-10 % for inner city buses. The improvement of fuel economy may vary
depending on different inner city driving cycles. In some small cities, where the
road conditions are not as good as that in big cities and the bus speed is relatively
low, the air storing efficiency is lower, resulting in less stop-start operation can be
adopted.

In order to improve the air charging efficiency and hence fuel economy,
alternative intake designs without permanent Reed valves are being developed and
their performance and effect on RegenEBD system will be reported after the
engine and vehicle tests have been completed.
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CAI Combustion of Gasoline and its
Mixture with Ethanol in a 2-Stroke
Poppet Valve DI Gasoline Engine

Yan Zhang, Hua Zhao, Mohammed QOjapah and Alasdair Cairns

Abstract Controlled Auto Ignition (CAI), also known as Homogeneous Charge
Compression Ignition (HCCI), is one of the most promising combustion technolo-
gies to reduce the fuel consumption and NOx emissions. Currently, CAI combustion
is constrained at part load operation conditions because of misfire at low load and
knocking combustion at high load, and the lack of effective means to control the
combustion process. Extending its operating range including high load boundary
towards full load and low load boundary towards idle in order to allow the CAI
engine to meet the demand of whole vehicle driving cycles, has become one of the
key issues facing the industrialisation of CAI/HCCI technology. Furthermore, this
combustion mode should be compatible to different fuels, and can switch back to
conventional spark ignition operation when necessary. In this paper, the CAI
operation is demonstrated on a 2-stroke gasoline direct injection (GDI) engine
equipped with a poppet valve train. The results shown that the CAI combustion can
be readily achieved in the 2-stroke cycle of a poppet valve engine and the range of
CAI combustion can be significantly extended compared to the 4-stroke cycle
operation. In addition, the effects of ethanol concentration on 2-stroke CAI opera-
tional range, combustion process, emissions and efficiencies are studied and
presented.
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1 Introduction

Controlled Auto-ignition (CAI) or HCCI combustion has been the subject of
extensive research over the last decade in the four-stroke spark ignition engines for
improved part-load fuel consumption and low exhaust emissions [1]. Many
approaches have been attempted to achieve CAI operation on the four-stroke spark
ignition engines, such as intake air heating, high compression ratio, dual fuel,
recycling the exhaust gas, and so on [2]. Amongst these approaches, internally
recycling the exhaust gas, such as residual gas trapping [3—6] and exhaust gas
rebreathing [7], have been proved most effective in achieving CAI combustion and
demonstrated their potential to be incorporated in the production gasoline engine.

One of the challenges facing the CAI combustion operation is its narrow
operating load range, limited at high load by the violent combustion and at very
low load by the misfire. In order to extend the load range of CAI combustion for
automotive applications, a systematic research [8, 9] has been carried out by the
authors on such combustion process in a single cylinder engine that is capable of
both 4-stroke and 2-stroke operations through flexible variable valve actuation. As
part of a consortium over the last several years, the authors worked with industrial
partners in developing 2/4-stroke switchable engine technologies through engine
downsizing [10], from which the current research on 2-stroke CAI via poppet
valve operation have been initiated and performed. In order to overcome the high
HC and CO emissions and durability issues associated with the conventional
crankcase scavenged 2-stroke engines, the 2-stroke poppet valve engine has been
developed using the same engine architecture as the current 4-stroke engine. In
addition, direct fuel injection is applied to avoid short-circuiting fuel during the
scavenging process. Controlled Auto Ignition is initialized by residual gases
trapped in the cylinder through incomplete scavenging, which is inherent to the 2-
stroke operation. A fully variable valve train is mounted on the cylinder head so
that varied amount of residual gas fraction can be obtained through con controlling
scavenging process to achieve CAI combustion process at different engine oper-
ating conditions.

In this work, CAI combustion is demonstrated over different engine speed and
load conditions on the 2-stroke poppet valve DI engine. Spark assisted CAI
combustion and ethanol blended fuels are used to extend 2-stroke CAI operational
range on the engine. Detailed analysis of combustion process, emissions and
efficiencies are performed and presented in the paper.

2 Experimental Setup

The work was performed on a single cylinder direct injection camless engine as
shown in Fig. 1. The specifications of the engine are given in Table 1. An electro
hydraulic valvetrain system was used to enable independent control of valve
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Fig. 1 Camless DI gasoline engine and the schematic of test setup

timings and lifts. The fuel was injected by a Denso double-slit GDI injector [11],
mounted under the intake port. The fuel injection pressure was set to 100 bar. The
instantaneous fuel flow rate was measured by a fuel flow meter installed between
the high pressure fuel pump and injector. Compressed air was supplied by an AVL
supercharger system at a pre-set boost pressure and temperature through the closed
loop control of heaters and heat exchangers. The intake mass flow rate was
measured by a laminar air flow meter. Both the instantaneous intake and exhaust
pressures were measured by two piezo resistive pressure transducers. The exhaust
emissions were analysed by a Horiba 7170DEGR gas analyser system. The
instantaneous in-cylinder pressure was measured by a piezo-electric pressure
transducer from which the heat release and combustion characteristics were cal-
culated and displayed on-line using an in-house Labview data acquisition and
combustion analysis programme. The engine TDC was determined dynamically
according to the reference [12]. The engine is mounted on a dynamic engine
testbed with fully automated coolant and oil conditioning circuits and driven by an
AC motor so that both motored and fired operations could be performed.

The intake and exhaust valve timings used for the 2-stroke CAI operation in this
work are illustrated in Fig. 2, in which the conventional 2-stroke spark ignition
(SD) valve timings are also plotted as a reference [13, 14]. In the 2-stroke SI
operation, in order to make use of the momentum of the fresh charge and achieve
the post-scavenging, the exhaust valves are closed after the intake valves. In the 2-
stroke CAI operation, in order to trap more burnt gas in the cylinder, both the
intake and exhaust valve durations are shortened. The amount of the residual gas is
controlled principally by the exhaust valve closing time which is varied depending
on the requirement of the operation conditions. In the 2-stroke engine, fuel
injection is timed to take place immediately after all the valves are closed in order
to prevent fuel from being short-circuited to the exhaust, which is a major
drawback of conventional 2-stroke engines. A lambda sensor was used to achieve
the closed loop control of the air to fuel ratio so that the measured air to fuel ratio
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Table 1 Engine specifications

Y. Zhang et al.

Bore x stroke

81.6x 66.94 mm?

Swept volume
Compression ratio
Combustion chamber
Valve train

Fuel injection

0.35L

11.78:1(Geometric)

Pent roof/4 valves
Electro-hydraulic actuation
Direct injection

Fuel Standard gasoline (RON 95), E15 and E85
Injection pressure 100 bar

Air/fuel ratio Stoichiometric in exhaust

Intake temperature 25 °C

Fig. 2 Intake and exhaust Exhaust valve
valve timings for 2-stroke ST ~ ————. Intake valve
and CAI operation

Sl operation
VO Ive
EVO \_\\[g / \ :X/Z EVC
TDC BDC TDC

Vo CAl operation EVC

EVO W Ive
TDC BDC TDC

in the exhaust was maintainedat stoichiometric, However, as to be discussed later,
the in-cylinder air to fuel ratio was lower than the one measured by the exhaust
lambda sensor because of the short-circuiting of air.

3 Results and Discussion
3.1 Operating Range

Firstly, the load-speed operating range of 2-stroke pure CAI of gasoline, E15 and
E85 was investigated. The operating ranges of CAI combustion with exhaust
lambda 1 are shown in Fig. 3. The engine speed was varied from 800 to 3000 rpm,
and the load was varied from the minimum to the maximum by adjusting the boost
pressure [3]. In the case of the 2-stroke poppet valve CAI operation, the engine
output is determined by the scavenging ratio of the fresh air to the total in-cylinder
charge. With the same valve timings, by increasing boost pressure, more fresh air
is inducted and more exhaust gases are displaced, resulting higher power output.
The pure CAI operation is defined as operational conditions where spark ignition
does not have significant effect on the combustion phase. At low load operation,
the boost pressure was lower, less exhaust gas was scavenged. The very high
residual gas fraction led to unstable combustion and misfire, which limited the
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operation range at low load boundary. It is noted that at low speed, the more
ethanol was blended in the gasoline, the more difficult the mixture could get auto
ignited due to the low mixture temperature caused by the charge cooling effect of
ethanol injection. Therefore, the low load boundary of E85 occurred at higher
IMEP values than that of gasoline and E15 at 800 rpm. When the engine speed
increased, the difference in the low load CAI limits between gasoline and its
mixture with ethanol disappeared because of the reduced heat loss and higher
thermal loading at higher engine speeds.

At 1000 rpm, when IMEP was over 5.5 bar, combustion became very rapid and
the rate of pressure rise exceeded the pre-defined knock limit of 5 bar/CA. This is
because the combustion process was accelerated due to the higher in-cylinder
temperature and less dilution of the residual gases at higher load conditions. It can
be seen that the knock limit was extended by 0.7-6.2 bar IMEP when blending
15 % ethanol in gasoline. E85 further extended the load range by 3-8.5 bar IMEP.
This is a result of slower heat release rate of ethanol than gasoline. In the case of
gasoline, the upper load boundary moved up slightly as the engine speed was
changed from 800-1000 rpm, as to be explained later.

For all three fuels, it is noted that the upper load limits would fall with the
engine speed. For gasoline and E15, this occurred at 2000 and 1500 rpm respec-
tively, whilst E85 fuel exhibited continued decrease in the upper load limit of CAI
operation with the engine speed. This can be explained by the flow characteristics
of the camless valve actuation system. Because the valves were operated inde-
pendently from the engine’s own rotation by the electro-hydraulic actuation, for a
given intake and exhaust valve profile, the valve opening durations remained
constant in mille-seconds but they became less in terms of crank angles as the
engine speed increased. In addition, due to the finite opening and closing speeds of
the electro-hydraulic valves, the valves could not reach their maximum lift at
1500 rpm and above in the two-stroke mode. Although the valve durations were
increased at higher engine speed operations to compensate for the reduction in the
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Fig. 4 Air flow rate [g/cycle] over 2-stroke CAI operating range. a Gasoline. b E15. ¢ E85

air flow rate caused by the reduced valve lift, it’s still not sufficient for the high
load operation. This resulted in the gas exchange limit at higher speeds on the CAI
operating range. Because ethanol has a lower stoichiometric air fuel ratio than
gasoline, the addition of ethanol reduced the amount of air required for combustion
and hence could produce more output for the same amount of air trapped in the
cylinder than gasoline. This is illustrated by the air flow rate values for gasoline
(Fig. 4a), E15 (Fig. 4b), and E85 (Fig. 4c). Therefore, at 3000 rpm, E15 extended
the gas exchange limit by half bar IMEP and E85 1.5 bar IMEP, compared with
gasoline CAI operating range.

In addition to the pure CAI operating range, spark assisted CAI combustion was
used to extend the operational range of low temperature combustion with high
dilution [15]. Figure 5 shows the extended 2-stroke CAI operating range with the
spark assisted CAI operation. Although there was no noticeable effect of spark
ignition seen on the combustion process within the pure CAI operating range, the
spark was kept on but the spark timing was set at TDC. The pure CAI operating zone
was sandwiched by two regions of the spark assisted CAI operation, where the
combustion could not be started or completed without spark. However, the effects of
the spark on the spark assisted CAI operation zone at higher load and idle conditions
are different, which can be seen from the spark timing values shown in Fig. 5. In the
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high load spark assisted CAI operation, the combustible charge of air/fuel mixture
became higher and less burned gases were trapped. This led to lower compressed
charge temperature than the autoignition temperature and required spark ignition to
ignite the mixture. The spark timing, however, was retarded to prevent knocking
combustion. In the spark assisted CAI operation at idle, the spark timing was
advanced before TDC to help to stabilize the combustion process, which would
suffer from slow combustion due to high dilution rate.

3.2 Effects of Ethanol Concentration on 2-Stroke CAI Combustion
Process

Figure 6 shows 50 % mass fraction burnt crank angle (CA50) as a function of the
engine load, IMEP, at 2000 rpm with gasoline, E15 and ES85. It can be seen that
the combustion phase was retarded with increasing engine load in most cases. As
explained above, load in the 2-stroke CAI operation was determined by the
scavenging rate. As the load increased, there were more fresh charge but less
residual gas trapped, resulting in the lower in-cylinder temperature. Therefore, the
start of autoignition combustion was delayed until the charge temperature was
compressed to the autoignition temperature. At the highest load conditions,
autoignition could not start and spark ignition was introduced after TDC to initiate
the combustion process. At the low load conditions, the start of combustion for
E15 and ES85 advanced slightly as the load was changed from 1 to 2 bar IMEP. At
such low load, the largest amount of burned gas was trapped and the burned gas
temperature was at their lowest value. In addition, there was a relative large
percentage of unburned or partially burned fuels in the trapped charge which
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would contribute to the autoignition chemistry leading to the start of the high
temperature combustion reactions. Since the autoignition process is affected by the
charge dilution, temperature, and chemical species in the cylinder charge, the
small changes observed could have been caused by any of these factors. Further
studies would be needed to understand the relative importance of each effect.

As shown in Fig. 7, the combustion duration of all three fuels initially
decreased with load due to lower dilution effect by the reduced amount of burned
gas trapped in the cylinder at higher load. Beyond 4.2 bar IMEP, E15 and E85
showed increased combustion duration. As shown in Fig. 3, at such high load
conditions, spark ignition was critical to initiate the combustion process in the
form of flame propagation. Because of the relatively high temperature of the end
gas region, multiple autoignition combustion would take place in conjunction with
the flame propagation. This can be illustrated by the mass fraction burned curves at
4.2 and 6.6 bar IMEP values for E85 plotted in Fig. 8. It can be seen that the heat
release process is characterised by a relatively slow first part and then followed by
a faster second part. As previous studies have shown [16, 17], the two stage heat
release process was a result of the hybrid combustion of flame propagation and
multiple autoignition burning in the spark assisted CAI region. As the load
increased beyond 4.2 bar IMEP, flame propagation became dominant over the
multiple autoignition combustion and accounts for a greater part of the combustion
and heat release process, resulting in an increase in the overall combustion
duration.

3.3 Emissions

Figure 9 shows the unburned hydrocarbon (uHC) emissions as a function of engine
output at 2000 rpm. The presence of ethanol reduced the uHC emissions
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Fig. 8 Heat release rate and mass fraction burnt of E85 at 2000 rpm

throughout the load range. E85 produced about 50 % less uHCs than gasoline.
As the combustion temperature became higher with load, more complete com-
bustion could take place and hence less uHC emissions. As reported by the authors
[18], the uHC emissions from the 2-stroke CAI combustion was not much different
from the 4-stroke SI operations in the same engine. One major source of uHCs
from this engine is due to the inadequate optimisation of fuel spray and combustion
chamber design, which resulted in fuel impingement on the piston and cylinder
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wall. It is expected that multiple fuel injection from a fast acting injector at higher
injection pressure together with an appropriate designed piston top would lead to
significant reduction in the uHC emissions.

The CO emission results in Fig. 8 show that E15 and E85 fuels produce less CO
emissions, particularly at high load conditions, because of the more effective
oxidation reactions of oxygenated ethanol. It is noted that gasoline produced
significantly more CO at higher load whilst the CO emissions from E15 and E85
fuels remained relatively insensitive to the load. In order to explain the results, it is
necessary to understand the air short-circuiting and its effect on in-cylinder
air/fuel ratio.

As Fig. 2 shows, there was an overlap period between the intake process and
exhaust process in the 2-stroke CAI mode operation. During this overlap period, it
is likely that a fraction of air could flow directly out of the exhaust valves, a
phenomenon known as air short-circuiting. In order to quantify the air short-
circuiting rate, a fast response CO, analyser was adopted to measure the cycle-
resolved air short-circuiting rate [18]. The in-cylinder air/fuel ratio was then
deducted from the exhaust lambda value. As shown in Fig. 10, the short-circuiting
rate increased with the engine load or boost pressure, combustion took place with
richer fuel and air mixture at higher load, resulting in higher CO emissions with
gasoline as shown in Fig. 11. When ethanol was introduced, the stoichiometric air
to fuel ratio decreased. Hence less air at lower boost pressure was needed, reducing
the short-circuiting rate. At low loads, the effect of ethanol on improving CO
emissions becomes less significant because of the lower short-circuiting rate and
lower combustion temperature of ethanol.

Figure 12 shows the NOx emissions in the 2-stroke CAI operation fuelled with
gasoline, E15 and E85 at an engine speed of 2000 rpm. E85 had significant effect
on reducing NOx emissions at high loads mainly due to the cooling effect of
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ethanol. However, this effect became less significant at low loads as the com-

bustion temperature and NOx emission were very low (<100 ppm).

3.4 Efficiencies

In order to compare the fuel economy and take into account of the different
calorific values of gasoline and ethanol, combustion efficiency, thermodynamic
efficiency and indicated fuel conversion efficiency are calculated and analysed for
gasoline and its blends with ethanol.
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Combustion efficiency is defined as the ratio of the heat leased from the fuel to
the chemical energy of the fuel, and its formula is:

01 _Gcox 10.1 4+ Gy x 43

Ncombustion = Epel Fuel flow rate x LHV

where, Q) is the heat leased by fuel Eg,.; is the chemical energy of fuel G¢p is CO
emission mass flow rate Gyc is HC emission mass flow rate LHV is Low heat
value of fuel.

Thermodynamic efficiency is defined as the ratio of the gross work of the cycle
to the heat leased by fuel, and its formula is:

n o WGross o IMEPGross X Vs
Thermodynamic 0, Fuel flow rate X LHV X N ¢combustion

where, Wg,oss 15 the gross work of the cycle IMEPg,; is the gross indicated mean
effective pressure Vj is the displacement volume

Indicated efficiency is defined as the ratio of the gross work of the cycle to the
chemical energy of fuel, and its formula is:

WGroxx

Nindicated = Ef ! - T]Thermodynamic X N Combustion
e

Figure 13 shows their combustion efficiency values in the 2-stroke CAI operation
at 2000 rpm. It can be seen that the combustion efficiency is relatively low on this
engine due to the rich mixture in the combustion chamber caused by the short-
circuiting of the air and non-optimized injection system, as mentioned above.
However, compared with gasoline, the combustion efficiency was improved by
3-5 % by blending 15 % ethanol in the gasoline. Further increasing ethanol con-
centration to 85 % in the fuel could further improve the combustion efficiency at
high load operation, but at low load operation the low temperature of the mixture
caused by the higher latent heat value of ethanol led to lower combustion efficiency.
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Fig. 13 Combustion
efficiency in 2-stroke CAI
operation at 2000 rpm

Fig. 14 Thermodynamic
efficiency in 2-stroke CAI
operation at 2000 rpm
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This is also reflected by the higher CO emissions of E85 at low load shown in

Fig. 11.

The best thermodynamic efficiency was obtained with E85 at high load oper-
ation, shown in Fig. 14. This was the result of optimised combustion phasing as
shown in Fig. 6 and reduced heat loss during the combustion process because of
the lower charge and combustion temperature of ethanol. The presence of ethanol

had little effect at low load operations.

Figure 15 shows the combined effect of combustion efficiency and thermal
efficiency, as measured by the indicated fuel conversion efficiency. At 5 bar IMEP
and 2000 rpm, the indicated efficiency can be improved by 5 % with E85 and 2 %

with E15.
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4 Conclusions

In this paper, CAI combustion has been demonstrated on a poppet valve DI gas-
oline engine operating in the 2-stroke cycle. Gasoline and its mixture with ethanol,
E15 and E85, were used and their ranges of CAI operations were determined as a
function of the engine speed and load. Their combustion and heat release char-
acteristics, emissions, and their combustion and thermodynamic efficiencies were
determined and analysed. The results show that

1. 2-stroke CAI combustion operation can be achieved over a wide range of
engine speed and load conditions, including idle operations that could not be
achieved with 4-stroke operations.

2. The presence of ethanol allowed CAI combustion to be extended to higher load
conditions. In the case of E85 the maximum IMEP of 8.4 bar was obtained at
800 rpm, significantly higher than the 4-stroke equivalent. Further improve-
ment in the high load range at higher engine speeds can be achieved with a
faster camless system or mechanical camshafts.

3. CO, uHC and NOx emissions are significantly reduced by injecting ethanol
blended fuels. E85 has greater effect on the emission reduction than E15.

4. Both combustion efficiency and thermodynamic efficiency are improved by the
presence of ethanol because of the optimum combustion phasing and lower heat
loss. E85 improved indicated fuel conversion efficiency by over 5 % at
2000 rpm.

The above results were obtained by keeping the relative air to fuel ratio to
stoichiometric in the engine exhaust. Because of the air short-circuiting effect, the
in-cylinder air to fuel ratio was lower and fuel rich combustion took place. Further
works are currently being carried out to minimize the fuel consumption by
increasing the air to fuel ratio at each operating condition. In addition, future
improvement in the fuel injector and combustion chamber design are expected to
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further reduce the uHC and CO emissions and improve the thermal efficiency and
indicated fuel conversion efficiency, making the 2-stroke poppet valve engine a
viable low emission and high efficiency IC engine for automotive applications.
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Technologies for the Next Generation
of Downsized Gasoline Engines

Paul Freeland, James Taylor, Dave OudeNijeweme, Marco Warth
and Bernd Mahr

Abstract Gasoline engine downsizing has been demonstrated to give significant
reductions in vehicle fuel consumption and CO, emission levels by effectively
moving the engine operating points for any given drive cycle to a more efficient
region of the BSFC map. The limit to which downsizing can offer advantages to
fuel efficiency therefore comes when the average engine operating points are
centred around the minimum BSFC region. To take downsizing further, a number
of complementary technologies are being explored with the aim of increasing
overall efficiency and extending the operating region of optimum efficiency.
Additional benefits can be derived from secondary effects when technologies are
combined. This paper summarises such complementary technologies and discusses
how they can be used in practice to further optimise gasoline engine efficiency.

Keywords Downsizing - Gasoline - CO, emission - Atkinson cycle - Alternative
fuels
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BMEP  Brake mean effective pressure
BSFC Brake specific fuel consumption
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IBP Initial boiling point (ref: fuel distillation curve)
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LHV Lower heating value (or lower calorific value of fuel)
RON Research octane number

RVP Reid vapour pressure (ref: fuel volatility)

ULG Unleaded gasoline

WCEM  Water cooled exhaust manifold

1 Introduction

The reduction of CO, emissions, combined with increasingly stringent regulations
for other tailpipe pollutants remains the dominant challenge for the development
of future internal combustion engines. To realise these goals, significant measures
need to be employed to improve vehicle fuel efficiency.

Gasoline engine downsizing provides a very cost-effective approach to
improving fuel consumption by moving engine operating points to more efficient
regions of the operating map, see Fig. 1. It is envisaged that an increasing number
of downsizing engines will be developed over the coming years, and that the
degree of downsizing (and thereby the specific power output) of engines will also
increase in order to help meet this requirement. This will make technologies that
help to maintain efficient engine operation at high loads more and more important.

The biggest improvement in efficiency from the downsizing concept comes
from de-throttling, which offers significant benefits when operating at light load
conditions such as during the NEDC drive cycle. However, in order to maintain
vehicle performance requirements engine specific power has to be increased
through pressure charging, which can lead to poorer efficiencies at higher loads
due to the need for reduced compression ratio, retarded combustion, and overfu-
elling for component protection.

This reduction in high load efficiency can offset or potentially even negate the
fuel consumption benefits of downsize engines when a vehicle is driven with wider
throttle openings [1]. In this respect, with highly downsized engines vehicle fuel
efficiency becomes much more sensitive to driving style, and vehicle CO, emis-
sions levels will depend more strongly on the drive cycle being followed than is
the case with larger naturally aspirated engines which inherently present a flatter
BSFC map at high load.

1.1 Synergistic Technologies Beneficial to Downsizing

The following technologies all offer the potential to improve efficiency, especially
at high load conditions:
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e Increased temperature exhaust components.
o Increased Octane fuels (alcohol blends).
o Water Cooled Exhaust Manifold (WCEM).

The effects of these technologies are evaluated further in this paper.

2 High Temperature Exhaust Components

The simplest way of reducing the amount of overfuelling required at high loads for
exhaust component protection is to use materials capable of withstanding higher
temperatures. Typically, the limiting component on turbocharged engines is the
turbine itself, and the material specification is dictated by component price. For
high-volume, low specific output engines, typical limits for pre-turbine gas tem-
perature range between 900 and 950 °C. For higher specific output engines, and
where component piece price is less important, it is quite common to use a higher
nickel content alloy that can withstand operation with pre-turbine gas temperatures
of up to 980 °C. Several suppliers are now offering turbocharger assemblies that
can withstand up to 1050 °C pre-turbine gas temperatures.

Results from testing conducted with the MAHLE downsize demonstrator
engine, comparing the overfuelling requirement for a 980 °C pre-turbine tem-
perature limit, versus that required for a 1050 °C specification turbocharger are
shown in Fig. 2.
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Fig. 2 Overfuelling map for the 980 °C turbocharger (left) and the 1050 °C turbocharger map
(right)

This increased temperature limit significantly reduced the amount of enrich-
ment needed to the extent that with this turbocharger, lambda 1 fuelling could be
maintained up approximately 95 kW/L. The richest overfuelling required was
A = 0.96, for 100 kW/L at 5500 rev/min.

3 Increased Octane Fuels

An alternative to simply increasing the thermal resilience of the exhaust compo-
nents is to use fuels that have a higher resistance to knock. At high load, these
enable the spark timing, and hence the combustion phasing, to be advanced to
more favourable settings. This both reduces exhaust gas temperatures directly, and
increases the thermal efficiency of the engine which in turn reduces the engine
boost requirement. This then gives further benefits in that compressor work is
reduced, leading to lower charge air temperatures, and turbine work is reduced
which leads to lower pre-turbine exhaust pressures and reduced pumping work and
residual gas fractions.

Due largely to increased evaporative cooling properties and, to a lesser extent,
increased auto ignition temperatures, blending alcohols into gasoline has proven
very successful in increasing the RON rating of the blend [2]. Direct injection of
these fuel blends into the engine cylinder enables the maximum advantage of the
high latent heat of vaporisation to be realised, further reducing in-cylinder gas
temperatures and thereby enabling optimum combustion phasing or higher com-
pression ratios for a given charge air temperature to be achieved. The combination
of alcohol fuel blends, downsizing and direct injection are therefore all mutually
beneficial.
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Table 1 Fuel properties for the gasoline and alcohol blends evaluated

Fuel RON Density RVP IBP FBP C(% H(% 0(% LHV (%
(kg/m®)  (kPa) (°C) (°C) m/m) m/m) m/m) m/m)

95RON 95 0.74 48 37 167 866 133 0. 432
ULG

Bul6 98 0.5 43 41 163 829 134 3.7 415

E10 99 0.75 55 40 166 827 133 4 414

E22 102 073 53 41 164 785 134 8.1 39.4

102RON 102 0.75 102 37 122 847 128 25 418
ULG

ES5 106 0.78 40 52 83 569 13 301 296

However, it needs to be considered that blending alcohols with gasoline also
reduces the calorific value of the blend, requiring a higher fuel flow rate for a given
power output.

During development of the downsize demonstrator engine, a study was made of
the effects of different alcohol blends on engine operation. The pertinent properties
of the fuels used during this study are given in Table 1.

3.1 Full Load Effects

Figure 3 shows a comparison of some of the key full load performance parameters
between operation on 95 RON gasoline and the same fuel blended with 85 %
ethanol (E85). For a set torque value, the boost requirement with the E85 fuel was
lower than with 95 RON gasoline, yet the mass based BSFC values were greater.
This is due to the reduced calorific value of the E85 fuel. On the positive though,
the E85 fuel did allow nearer to optimum combustion phasing and air fuel ratio’s
closer to lambda 1 to be maintained as the engine approached peak power at
5000 rev/min. Indeed, the reason why combustion phasing remained slightly
retarded from optimum was not the knock limit, but rather the peak combustion
pressures design guide limits at this stage, as the engine’s robustness had not been
fully validated.

Because of the increasing difference in lambda values as engine speed
increased, the BSFC values between the two fuels began to converge. As the
engine approached maximum speed at 6000 rev/min, the advanced spark timing
and reduction in overfuelling on E85 meant the mass based BSFC was
approaching that of 95 RON gasoline.

Figure 4 shows a comparison of the lambda values required to maintain safe
exhaust temperature limits which was conducted later during the engine’s devel-
opment program on a wider range of gasoline and alcohol fuel blends than were
performed previously and over a wider range of engine loads. It can be seen that a
significant degree of over fuelling was required on the 95 RON and 98 RON fuels.
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However, when fuels with 102 RON were used (the E22 blend and the 102 RON
gasoline), engine over fuelling was almost eliminated, and for the high RON fuel
(E85), the engine could now run stoichiometric across the engine map.

Figure 5 shows the relative difference in volumetric BSFC, which accounts for
the difference in fuel density, on each fuel compared to operating the engine on 95
RON gasoline. Increasing the octane rating of the gasoline fuel by three octane
numbers from 95 RON to 98 RON resulted in between a 0 and 12 % reduction in
BSFC over the full load region of the map. The largest benefits came where the
over fuelling requirements were greatest. The level of improvement given by the
E22 blend was even greater than this, with volumetric BSFC benefits improved by
up to 20 % compared to 95 RON. The higher calorific value of the 102 RON
gasoline, showed an even greater benefit of up to 25 % over the 95 RON gasoline.
ES85 generally gave worse BSFC values up to the peak power region, but around
peak power it achieved a 5 % improvement in volumetric BSFC over 95 RON
despite its far inferior calorific value.

4 Water Cooled Exhaust Manifold

A WCEM is a direct approach to reduce overfuelling by cooling the exhaust gas
before it enters the turbine housing of the turbocharger assembly. However, it
should be noted that although a WCEM can reduce turbine entry temperatures
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significantly by extracting heat after the exhaust port, it has negligible impact on
exhaust port temperatures themselves. Therefore, beyond a certain level of heat
extraction the port temperatures then become the limiting factor regarding the
overfuelling requirement. In this situation, additional benefits can be derived from
using a combination of WCEM and full load EGR.

4.1 Engine/Manifold Installation

A 1.4 L production turbocharged engine was used for these investigations. This
engine was also fitted with a high pressure EGR circuit. This took exhaust gas
from the WCEM (pre-turbine) via the integrated wastegate; the EGR was then
cooled through an EGR pre- and main cooler. The EGR rate was metered by an
EGR valve and drawn into the intake pre-charge cooler. An independent cooling
rig was used to cool the EGR to less than 100°C. A schematic of the WCEM and
EGR circuits is shown in Fig 6.

4.2 Results

Initial testing with the WCEM demonstrated that the cooling capacity of the
WCEM could reduce pre-turbine gas temperatures by approximately 130 °C.
However, it was also observed during the run-up line that the addition of the
WCEM led to a further degradation of available torque due to the reduction in
exhaust gas enthalpy. The effect was to delay the speed at which target torque
could be achieved by approximately 500 rev/min.
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Figure 7 shows the exhaust lambda and fuel consumption effect of the WCEM
alone. It should be pointed out that although the maximum pre-turbine tempera-
tures encountered were only 915 °C, there was still a requirement to enrich
fuelling above 3500 rev/min in order to keep exhaust port temperatures below
their limit of 950 °C.

This demonstrates that the benefit of removing heat after the exhaust ports is
limited, and that to optimise the benefits of a WCEM, either of two approaches can
be taken:

1. The WCEM design could be re-optimised to ensure that the exhaust port
temperature limit is reached at the same point as the current pre-turbine tem-
perature limit. This could be achieved by reducing the “gas-wetted” area of the
manifold, thereby enhancing catalyst light-off times and potentially low-speed
BMEP performance.

2. A lower cost turbine material could be selected, to take financial advantage of
the lower gas temperatures fed to the turbine.

During this testing it was noticed that the gains in fuel consumption were not as
great as the change in lambda should offer. This was due to the fact that increased
boost pressure was required to maintain target torque, which was considered to be
due to a combination of the leaner lambda values at low speeds, and the removal of
the exhaust flow splitter from the manifold.

Figure 8 shows a comparison between the fuel consumption benefits achieved
through application of WCEM technology alone, the WCEM in conjunction with
the minimum EGR for A = 1, and the WCEM with maximum EGR.
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At 3500 rev/min, the addition of the WCEM alone allowed a reduction in
overfuelling sufficient to give approximately 6 % improvement in BSFC. Adding
cooled EGR at this speed enabled lambda 1 fuelling and increased the BSFC
benefit to 16 %.

At 4000 rev/min, the addition of the WCEM gave an initial benefit of
approximately 3 % in BSFC. Adding sufficient EGR to enable lambda 1 fuelling
brought an additional 2 % benefit to BSFC, whilst adding further EGR to suppress
knock increased the BSFC benefit to approximately 12 %.

At 5000 rev/min, the initial benefit achieved with just the WCEM was very
similar to that given at 4000 rev/min. However, as fuel enrichment was greater,
then the extra benefit achievable by adding sufficient EGR to give lambda 1
fuelling was greater, taking the improvement in BSFC up to approximately 11 %.
Thereafter some further benefit was achieved by increasing EGR rates, although
the amount was limited to around 2 % because further EGR rates prevented target
power from being achievable.

5 Conclusions

The greatest reductions in high load fuel consumption with highly boosted
downsize engines comes from the need to keep exhaust gas temperatures within
safe limits for component durability, and the need to retard spark timing from
optimum, due to knock. The technologies demonstrated here have all shown
significant benefits in alleviating these problems:

e The use of a turbocharger assembly rated for 1050 °C on the Downsize dem-
onstrator engine has demonstrated the feasibility of a 100 % lambda 1 concept
giving 100 kW/litre specific power output. Such a concept would also enable
high catalyst conversion efficiencies to be maintained throughout the entire
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operating range of the engine. This level of technology is readily available now,
and the only constraint is that of component price. Therefore it offers one of the
easiest solutions to implement where the efficiency improvements justify
increased costs.

e The use of alcohol blended fuels have demonstrated reductions in full load
BSFC of between 5 and 25 % despite reductions in calorific value, due to a
reduced tendency for knock brought about by the increased latent heat of
evaporation of the fuels when used in direct injection engines. However, BSFC
at part load conditions increased, approximately proportionally to the calorific
value of the fuel. Therefore, the advantages of these fuels become more relevant
with extreme downsizing concepts, and even then, the total alcohol content
needs to be kept below about 20 % to avoid significant reductions in the heating
value. Currently, in many markets the availability of alcohol blended fuels is
limited, and most manufacturers regard the available fuel grades as a design
constraint rather than an engine efficiency variable. To overcome this is likely to
require a significant increase in customer demand, which may require further
legislative incentives as well as significant marketing efforts.

The use of a water cooled exhaust manifold has shown the capability to reduce
pre-turbine gas temperatures by up to 130 °C, thereby allowing reductions in the
amount of overfuelling required, and giving benefits of up to 5 % reductions in
fuel consumption. However, the overall benefits in reduced overfuelling are lim-
ited as exhaust port temperatures then become the limiting factors. It does appear
that WCEM technologies can give very worthwhile commercial benefits in
allowing cheaper components and reduced parts count, and in conjunction with
cooled EGR, total fuel consumption benefits of around 14 % at high load are
achievable. The additional benefits of faster warm-up times, and reduced parts
count make this technology very attractive for engine manufactures.
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Control System Development for Gasoline
HCCI Engine Which Based
on Heat Management
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Abstract Homogenous Charge Compression Ignition (HCCI) technology shows a
great fuel economy potential for gasoline engine. In the project, a 4-cylinder 1.5 L.
PFI gasoline engine with HCCI and SI combustion mode was developed based on
optimized heat management. The exhaust gas energy and coolant energy are used
for heating intake air to suitable temperature as soon as possible. The exhaust
turbocharger and EGR are used to expand HCCI operating range. Also cylinder
pressure sensors are used for combustion feedback control and cylinder balance
control. For this HCCI prototype engine, an innovative control system was
developed for this complicated system. Control System has two ECUs, one ECU is
for cylinder pressure sensor processing, which calculate combustion character
values in real time and send to main ECU by CAN bus; another ECU is main ECU,
which control injection system, ignition system, heat management system, etc. The
control algorithm for mode transition between HCCI and SI was developed.
Cylinder balanced algorithm base on CA50 was also developed to optimize
emission and engine performance. By the optimized heat management system and
control system algorithm, the HCCI engine can get 20 % fuel economy benefit in
HCCI mode in part load, and also reach a wider operating range by the combi-
nation of turbocharger and EGR technology.

Keywords HCCI engine - Engine heat management - HCCI control al