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Chassis Structure and Design



Modular Unification as One
of the Possible Directions of Innovations
in the Automotive Industry

Tagir Gadelshin

Abstract The aim of this research is to find ways to reduce the cost of designing,
manufacturing and maintenance of cars. The research was conducted at the level of
automobile architecture. The architecture consists of modules. Unification is
proposed to be made through choosing the equity and alignment of external
parameters of the modules. The research of different automobile architectures
showed the opportunity of applying of the module unification methods to reduce
costs for designing, manufacturing and maintenance of vehicles. The way of such
unification can be used for vehicles with internal combustion engines, hybrid
engines and electric motors. Implementing the technology of modular unification
can be performed on the basis of existing production systems and technologies.
Therefore, introduction of this technology does not require large expenditures.
Globalization and extensive collaboration in the world automotive industry
requires a search for ways to improve the efficiency of these processes. Above all,
the ratio of benefits from the vehicle usage to its cost would not decline. These
problems can be solved through the use of modular unification. Meeting these
challenges requires the collaboration in the community level of automotive
manufacturers. First and foremost, this is a wide discussion of issues and making
the decisions on organizational and legal arrangements.

Keywords Vehicle architecture �Modular unification � Globalization � Economic
efficiency
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The automobile is possibly the most mass manufactured sophisticated product
among those made in mechanical engineering. More than 60 million of automo-
biles are produced every year. The automobiles consume the enormous material
and human resources required for their production and during their life cycle. That
is why we need to seek and find the methods of how to reduce the consumption of
these resources. To solve this problem we propose the method of the modular-
ization and unification while designing and manufacturing the automobiles.

The chapter considers one of the ways of production efficiency improvement
and vehicle maintenance based on the sustainable use of general design principles
of the car, regardless of the place and method of production.

Design and manufacturing of the vehicle are determined by its demand, the
production ability and its usage. Each of these conditions specifies characteristics
and parameters of the car.

One of the formalized methods of the vehicle representation is its architecture.
It can have its own peculiarities for each type and class of the automobile. The
method offered in this chapter applies some general features that can be allocated
without reference to the particular vehicle architecture.

The architecture components of the automobile are its units. We will name
them as modules. In vehicle design the modules are interconnected with nodes and
the coupling. Selection of them in the architecture makes it possible to obtain the
innovative direction in the automotive industry.

Research was performed at the level of the vehicle platform architecture. The
method of unification by the set of platform modules external parameters,
examined in the chapters [1, 2], was applied in this research.

Modularization is the decomposition of the whole product into its
components—modules—without their destruction. The decomposition of the
automobile into modules is naturally produced according to the standards accepted
in automotive engineering. Platform and body shell are the two main components
of any automobile. The platform module consists of functional modules. The basis
of the platform is the frame module. The frame could be a separate module of the
automobile. In this case the body module can be installed on the frame. The
platform includes the engine module, the transmission module, the steering wheel
module, and the brake system module. These modules are separate aggregates. The
modules are connected together by joined and coupled units. This level of
the platform modularization was chosen in our chapter to discuss the problem of
the automobiles modular unification.

Every module could be described and identified by means of its parameters set.
We divide the set of every module parameter into two subsets. The parameters
determining the module joining with the rest of the platform modules are included
in the first subset. We call these parameters as external ones. The other parameters
are included into the second subset. These module parameters we call the internal
ones. The external module parameters are essential to solve the problem of
automobile structure modular unification.

Body shell is the main second module of the automobile. The versatility of the
body shells gives us no possibility to decompose the body shells into unified
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modules as we can do it with a platform. The platform requires more careful
sophisticated technical service and maintenance than the body shell.

The modular architecture for division of the automobile is shown on Fig. 1.
This is an example of the vehicle decomposition into body shell and platform.

This decomposition can be applied to the passenger vehicles, commercial
vehicles, and buses having FR layout (front—engine, rear—wheel drive layout).
The platform is divided into modules, which are unified according to the subset of
the external parameters. Joined and coupled units are shown on Fig. 1 as circular
figures. They are determined by the external parameters of the modules. These
units are unified according to the subset of their external geometrical, techno-
logical, and functional parameters. The functional modules, shown on Fig. 1 as
rectangles, are determined by internal parameters of modules. They may differ
speaking about different models of automobiles and platforms of module
manufacturers.

Modules: M0—frame module, M1—engine module, M2—clutch module, M3—
gearbox module, M4—driving shaft module, M5—front axle module, M6—rear
axle module, M7—wheel module, M8—steering wheel module, M9—braking
system module.

The automotive platforms are much better adapted for modularization and
unification in comparison with body shells of the automobiles. The platforms can

Fig. 1 The example of
decomposition of the vehicle
with FR layout (front-engine,
rear-wheel drive layout) into
separate modules and joining
units of the modules

Modular Unification as One of the Possible Directions 5



be almost completely decomposed into same unified, homogeneous modules.
These decompositions are determined by external parameters of the platform
modules. The unification of the platform could be implemented by means of
choice of the platform modules equal external parameters of the same kind. We
named it the unification method. This method is based on the unification according
to the external parameters subset of the platform modules.

There is no doubt that the unification according to the subset of the platform
external modules parameters can be done for the automobiles of the same type and
class. The automobiles of various types and classes could be designed and man-
ufactured on the same platform. The difference between such vehicles is deter-
mined by the characteristics of their body shells. Consequently such unification of
the platform will broaden the types and classes of the vehicles which will have the
platform unified according to that method.

The examples of unification can be found in automobiles as well. The passenger
cars have four wheels. The road wheel disks parameters for tire mounting have got
the unified standard range. The automotive tire industries produce various tires
according to the accepted parameters. The other parameters, excluding standard
parameters for road wheel rims, can vary depending on manufacturers. The octane
numbers of the gasoline are unified too. The parameters of the engine compression
ratio are unified according to those numbers. We can enlist more examples of such
unification.

We will only mention some new possible directions of production and appli-
cation development of the unified vehicles with standardized modules according to
their external parameters.

Manufacturing of the automobiles with unified modules could give us possi-
bility to gain certain advantages and benefits compared with nowadays situation.

The design and development of the automobiles can be simplified. The struc-
tures of the modules may fit to the structures of the automobiles being designed
without their modules development. It will save time and reduce cost for their
development.

The module production in automotive industry is a well known fact. Separate
modules are produced on specialized plants manufacturing engines, transmission
modules, steering system modules, braking system modules. The specialized
production can be organized more economically and the products can have better
quality than at automotive plants where all components are produced at one spot.

The usage of the unified functional modules could change the structure of the
automotive plants. They could locate automotive production near their consumers.
The unified modules for the platforms could be transported from the specialized
manufacturing plants. These modules do not occupy much space and more easy to
transport.

The replacement of the unified functional modules by the more advanced ones
will broaden the possibility for the modernization of automobiles being used
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nowadays. It could be one of the new directions of the activities referred to
automobiles.

It is quite known that technical service and repair of the vehicles consume
several times more resources compared with their production. The unification
simplifies the assembly and disassembly of the structures if they consist of the
unified functional modules. The unification enables production and usage of the
unified tools and equipment for automobiles manufacture. It could also simplify
the personnel training.

A lot of automobile manufacturers try to adapt their technical service facilities
according to the automobiles of their own brands. But we should not forget that it
will put limits to the automotive market of their automobiles in areas without the
facilities for the repair and service of their vehicle brands.

At present we have got no unified standards for technical service and repair. The
unification of the automotive structures could support the development and imple-
mentation of the new global standards for technical service and repair of the various
companies automobiles and these standards will be obligatory for every automakers.

Modularization and unification could be useful for the production of the electric
and hybrid vehicles. The manufacturing of these vehicles uses the modules of
different industry branches. The modules must be unified.

The production of the automobiles and the business involved are becoming
transnational. The automobiles influence politics in relations between countries.
Modularization and unification in the automobile design and structures could be
very helpful under modern level of the global motorization.

The problem of module technology realization involving the usage of the
unified functional modules can be divided into technological, organizational, and
legal problems. These problems should not be complicated from the technological
point of view. The platform modules with different parameters of joined and
coupled modules units are manufactured by makers of automotive platforms
modules. The unification of the manufactured automotive designs is not a serious
technological problem. Much more effort needs the solution of legal and organi-
zational problems. Automakers of the world should find a compromise. The
governments find agreements with difficulty. The numerous examples of profitable
and beneficial cooperation between automakers are well known. The alliances of
automakers are organized by automotive companies of various countries. The
production of automobiles of various firms have been organized throughout the
world. Versatile agreements and technological regulations are adopted and
observed by automakers of various companies. The agreement on the modular-
ization and unification while designing and manufacturing automobiles could be
reached at the level of the automakers.

Modular Unification as One of the Possible Directions 7



Conclusions

The external parameters of the platform modules are offered to be globalized. For
example, the units connection of the wheel disks with tires are globalized.

Globalization is caused by the following objective reasons:

– Mass production of automobiles in different countries, irrespective of where the
car company is situated;

– Collaboration in the design of vehicles between automotive firms;
– Production of modules on specialized enterprises and their usage in the auto-

mobile designing of different manufacturers;
– Selling and using of vehicles of the same producers throughout the world.

Through the use of module platform unification we could improve the eco-
nomic efficiency of:

– Automobile designing;
– Automobile production;
– Servicing of automobiles and their utilization.

Using a modular unification of the platform does not limit the competition and
business of car manufacturers.
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Ford Motor Company’s New Rear
Suspension Architecture for the Global
CD Platform

Paul Zandbergen and Alberto Girelli Consolaro

Abstract The objective was the development of a new suspension architecture for
Ford’s global CD platform. This suspension architecture was required to improve
vehicle driving comfort and noise without compromising the high level of steering
and handling performance of the Ford Mondeo to date. Moreover, the new sus-
pension architecture had to fulfil a number of challenging package requirements.
The newly developed rear suspension is an integral link suspension. This is an
independent suspension system connecting a wheel carrier to an isolated subframe
by means of a lower control arm, a camber link and a toe link. The wheel carrier is
directly connected to the lower control arm via a pivot point and indirectly via an
additional link, the integral link. This link decouples castor compliance from
longitudinal compliance and prevents the need for a trailing link or control blade.
The most important result is a substantial reduction of cruising interior noise.
Impact harshness, noise and aftershake have significantly improved. The
improvements in vehicle comfort have not affected the vehicle steering and han-
dling performance. As a result, the new Ford Mondeo suits both relaxed and sporty
driving styles.

Keywords Integral link suspension � Driving dynamics � Driving comfort �
Suspension design principles
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1 Introduction

Back in 1993 Ford introduced the so-called control blade SLA rear suspension on
the Ford Mondeo wagon. Since then the concept migrated to many Ford appli-
cations like the Ford Focus, Kuga and Mondeo sedan. The steering and handling
performance on these vehicles still proves the strength of the concept. However, to
stay class leading for driving dynamics and comfort for all vehicles coming of the
new global CD platform, Ford has felt the need to develop a concept that further
improves the driving comfort, without degrading the steering and handling per-
formance. The result is the so-called integral link suspension.

2 The New Integral Link Suspension

The new 2013 Mondeo builds on a new suspension architecture developed for the
Ford global CD platform. The rear suspension system developed for this archi-
tecture is the so-called integral link suspension. The key components of this
suspension system are indicated in Fig. 1 and the relevant suspension hardpoints
are indicated in Fig. 2. The suspension comprises a lower control arm, which
connects to a subframe in two pivot points. The rear pivot is a ball joint and the
front pivot is a bushing. At the outer side, the lower control arm connects to a
wheel carrier by means of a ball joint. This pivot point is positioned at a certain
distance behind the wheel spin axis. The so-called integral link is positioned in
front of the wheel spin axis. A lower pivot point connects the lower control arm to
the integral link and a higher pivot point connects the integral link to the wheel
carrier. Besides the lower control arm, two other links connect the wheel carrier to
the subframe. The upper link is called the camber link and the lower link is called
the toe link. The inner and outer pivot points of these links are all realized with
bushings. The suspension further comprises a coil spring, a shock absorber and a
stabilizer bar. The coil spring is supported by the lower control arm. The top of the
spring connects to the vehicle body. The shock absorber is also supported by
the lower control arm. It is located behind the wheel spin axis and outboard of the
spring. On the top of the shock absorber an assist spring is mounted, which
provides a progressive suspension rate. The subframe is isolated from the body by
means of four rubber bushings.

3 Suspension System Requirements and System Targets

At the start of the design of the new suspension architecture, a number of
requirements and targets were defined.
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3.1 Requirements

The key requirements for the design of the new suspension are:

• Large wheel travel. This is important for ride comfort and road holding.
• A low underfloor and wide luggage compartment. This is especially important

for the station wagon application and requires a package efficient suspension.
• All Wheel Drive (AWD) capability. This requires packaging space for a dif-

ferential and drive shafts.
• Wheels and tyres ranging from 1600 to 1900 for sedan and wagon applications and

from 17’’ to 21’’ for crossover vehicles.
• Exhaust routing under the suspension. This is important for optimal performance

and efficient servicing capability.
• Improved driving comfort and reduced noise. The outstanding steering and

handling performance of the Ford Mondeo to date is to be maintained.

a. Lower control arm
b. Camber link
c. Toe link
d. Integral link
e. Wheel carrier
f. Subframe
g. Spring
h. Shock absorber
i. Stabilizer bar

e

b

f

c
a d

i

h

g

Fig. 1 The new Ford integral link suspension—components.

Pivot points:
1. Camber link inner
3. Lower control arm front inner
4. Lower control arm rear inner
6. Lower control arm rear outer
7. Camber link outer
9. Wheel centre
12. Tie rod outer
13. Integral link upper
14. Tie rod inner
18. Integral link lower

1
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7
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12
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13

Fig. 2 The new Ford integral link suspension—definition of pivot points.
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3.2 System Targets

The key system targets related to driving comfort, steering and handling are dis-
cussed next.

3.2.1 Driving Comfort

An important aspect of the vehicle driving comfort is the so-called impact
harshness. Impacts due to road imperfection, e.g. expansion joints or tar strips, are
to be absorbed in a smooth way. Related to impact harshness is the so-called
aftershake, which is the remaining vehicle oscillation after the impact. This
oscillation must be suppressed as quickly as possible via sufficient damping.
During the course of this project multi-body CAE analysis was performed to
simulate impacts. Accelerations in both X- and Z-direction were triggered at the
driver seat rail. Via parameter studies the most important design parameters
influencing the suspension impact harshness and aftershake were identified:

• Longitudinal mode frequency: this is determined by the dynamic stiffness of the
suspension in longitudinal direction and the mass of components involved in the
longitudinal motion. The dynamic stiffness is mainly determined by the dynamic
rates of the suspension and subframe bushings. CAE studies have demonstrated
that the impact harshness in X-direction is proportional to the longitudinal mode
frequency: a lower longitudinal mode frequency results in better impact
harshness. The lower limit for the mode frequency is driven by longitudinal
mode frequencies of other relevant systems, e.g. the power train.

• Longitudinal damping: increasing the longitudinal damping in the suspension
via the dynamic stiffness of the bushings would increase the longitudinal mode
frequency, which as discussed above deteriorates the impact harshness. For a
correct assessment of the effect of damping, the longitudinal frequency will have
to stay constant via constant dynamic stiffness of the bushings. This can be
achieved via a lower static stiffness of the bushings and increased damping.
Increased longitudinal damping at constant longitudinal mode frequency dem-
onstrates an improvement of the impact harshness and aftershake.

• Wheel trajectory angle: this is defined as the slope of the curve that plots the
wheel centre vertical displacement versus the wheel centre longitudinal dis-
placement. The angle is defined positive when the wheel moves rearwards
during upward movement (Fig. 3). Several studies have demonstrated that the
impact harshness deteriorates rapidly when the trajectory angle reduces below
zero. A positive trajectory angle is beneficial for impact harshness up to a
maximum of about 5 degrees. In this case, the wheel moves rearward and
upward when it hits a bump.

The parameters listed above primarily influence the impact harshness and
aftershake in X-direction. The characteristics of the shock absorbers, shock
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absorber mounts, springs and spring aids primarily determine the impact behaviour
and aftershake in Z-direction. These parameters are considered as suspension
tuning parameters rather than design parameters. One design parameter influencing
the vertical dynamics is the unsprung mass. In general a lower unsprung mass is
beneficial for ride comfort.

3.2.2 Steering and Handling

The steering and handling characteristics of a vehicle closely relate to the kine-
matics and compliance characteristics of the suspension. The suspension kine-
matics defines how the wheels translate or rotate during suspension vertical travel
or suspension roll. For steering and handling the metric related to roll are of
highest relevance. During cornering the vehicle body rolls and the resulting sus-
pension travels should result in some level of understeer (roll steer). On a rear
suspension, this is achieved via a certain amount of toe-in on at least the wheel on
the outer side of the bend. On an independent suspension, the wheel on the outside
of the bend usually looses camber angle with respect to the road. This so-called
camber loss results in reduced grip. It is objected to minimize this camber loss via
maximized suspension roll camber. Another important aspect of the vehicle roll
behaviour is the roll axis, which is defined by the line connecting the suspension
roll centres. The vehicle rolls with respect to the ground about this instantaneous
axis [1].

The suspension compliance characteristics define how the suspension deflects
when loads or moments are applied to the wheel. In general, lower suspension
compliances are better for steering response and agility. A good steering that
makes the driver feel connected to the road requires very low compliance in lateral
direction. Crucial for low lateral compliance is low camber compliance. For

Fig. 3 Wheel trajectory
angle (a) beneficial for
impact harshness
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handling stability, the suspension ideally delivers a certain amount of compliance
understeer during cornering and braking. This is defined by the lateral compliance
steer and longitudinal compliance steer characteristics. During braking or other
longitudinal wheel loading, e.g. impacts, the castor angle change should be min-
imal to prevent variations in bump steer, roll steer and mechanical trail. This is
controlled via the castor compliance characteristic.

4 Suspension Design Principles

4.1 Roll Centre Height and Roll Camber

For a double wishbone suspension the roll centre can be constructed via a sim-
plified, two dimensional approach known from the literature [2]. The same con-
struction can be applied to the integral link suspension (Fig. 4). The roll pole is the
intersection of lines drawn through the lower control arm and the camber link as
projected on a vertical plane through the wheel centres. This is only a rough
approximation, as in reality the toe link front view inclination will also effect the
roll pole to some extent. A line connecting the centre of the tyre contact and
the roll pole intersects the vehicle centre plane in the so-called roll centre. Besides
the roll centre, the roll pole also determines the roll camber. Moving the roll pole
inboard by more parallel front view inclination of the lower control arm and
camber link, lowers both the roll centre and the roll camber.

Roll centre height

Roll pole

6

7
1

3

4

3

4

Fig. 4 Integral link roll pole and roll centre height
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4.2 Roll Steer

The roll steer of the integral link suspension is mainly dependent on the inclination
of the toe link in the front view (Fig. 5 left). When the outer connection to the
wheel carrier is raised, the roll steer gradient increases, which is a modification
towards understeer. The wheel carrier steers about a virtual steer axis, which
passes through point 7 and a point between point 6 and point 12 (Fig. 5 right). The
location of this point depends on the stiffness of the pivot points 4 and 6 versus the
stiffness of the pivot points 12 and 14. It is more biased towards point 6 as pivot
point 4 and 6 are ball joints and the toe link pivot point 12 and 14 are bushings
with some level of compliance.

4.3 Pitch Pole, Kinematic Recession and Anti-Properties

Figure 6 shows the bottom view of the integral link suspension. The line con-
necting point 3 and 4 and the line connecting point 6 and 18 are extended and the
intersection point in this view is connected to the roll pole to form the suspension
instantaneous axis. This is the axis about which the wheel rotates during sus-
pension travel. The intersection point of the instantaneous axis and the plane
through the wheel centre is named the pitch pole. As shown in the side view of the
suspension (Fig. 7), the pitch pole is above the wheel centre. This provides
kinematic recession during suspension jounce travel, anti-lift and anti-squat. The
pitch centre is located far in front of the wheel centre, which results in relatively
low bump castor. The pitch pole can be easily modified via the location of the
lower control arm pivot points.

6

7

1214 12

Fig. 5 Integral link front view (left) and side view (right)
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4.4 Longitudinal Compliance Mechanism and Castor Compliance

As explained above, the integral link has a significant amount of longitudinal
compliance in order to absorb road impacts smoothly. This compliance is mainly
provided by the inner bushing of the lower control arm (3). When the wheel hits a
bump, vertical and longitudinal forces are induced at the wheel centre. As a result
of the longitudinal force, the lower control arm rotates around the rear pivot (4),
which is a ball joint. The resulting translation in the bushing at the front of the
lower arm is controlled by the stiffness of this bushing. The integral link con-
necting wheel carrier and lower control arm prevents rotation of the wheel carrier
during impact or for example braking load. This reduces vibrations introduced to
the suspension and prevents castor changes for wheel impacts or braking while
driving in a corner. Such castor changes could cause instability due to varying roll

Roll Pole

Pitch Pole

3

4
6

18

Fig. 6 Integral link instantaneous axis and pitch pole

brake force

anti-lift force

traction force anti-squat force

Fig. 7 Kinematic recession, anti-lift and anti-squat
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steer and castor trail. When more longitudinal compliance is desired, the stiffness
of the bushing in point 3 should be reduced. For a classical double wishbone
suspension such a change would significantly reduce the castor stiffness. This is
not the case for the integral link suspension because the castor load path is
decoupled from the longitudinal load path via the integral link mechanism (Fig. 8)

5 Brake Pole

During braking, the lower control arm rotates as described for the longitudinal
compliance mechanism. When the wheel would follow this arm rotation, the wheel
would rotate to toe-out during braking, which is not desired. However, this rotation
is restricted by the toe link. Depending on the bottom view angle of the toe link the
wheel could even deflect to toe-in during braking. This is achieved via the
mechanism displayed in Fig. 9. The line connecting point 4 and 6 and the line
connecting point 12 and 14 are extended and the projected intersection in the
bottom view is named the brake pole. This is the point about which the wheel
rotates when a longitudinal load is applied. When the lines do not intersect, the
pole is in infinity, resulting in zero longitudinal compliance steer (neutral brake
steer). When the pole is outboard of the wheel centre line (as in Fig. 9), this gives
toe-in under braking. Moving the pole towards the wheel centre line would
increase toe-in. The lateral position of the pole can easily be adapted by the bottom
view angle of the toe link. Brake forces are applied at the wheel contact patch and
introduce a moment on the wheel carrier. This moment is transferred via the
integral link to the lower control arm and the inner pivot points connecting the arm
to the subframe. The rear pivot point is a ball joint and therefore very stiff. The
front pivot point is a bushing responsible for the longitudinal compliance and
therefore it is soft in the direction in plane with the lower control arm. To resist the
moment induced by braking, the bushing must be stiff in the direction perpen-
dicular to the lower control arm. To meet both requirements the bushing is voided
in the soft direction.

Rotation at ball joint
hub rearward 
movement due to 
impact

Translation in bushing

3

4

Fig. 8 Motion of lower control arm and hub during impact
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6 Results

The integral link suspension was assessed on the Ford proving grounds in a
number of prototype vehicles. After initial subjective assessment of the built
hardware, a tuning phase started in which springs, shock absorbers, link bushings,
top mount bearings, etc. are varied following a systematic approach. The resulting
improvements for impact harshness, aftershake and noise are demonstrated below.
Despite clear improvements for comfort and noise, the steering and handling
characteristics have not degraded over the control blade suspension in the Ford
Mondeo to date. This was verified during several management drives and resulted
to implementation of the integral link suspension for all applications built on the
global CD platform.

6.1 Impact Harshness

Figure 10 shows the accelerations in X and Z, measured at the front seat rail versus
time while driving over a strip of 30 mm height with a vehicle speed of 30 km/h.
The highest peaks are obviously found at the point where the strip is passed by first
the front wheels and then the rear wheels. The first cycle of body acceleration is
the part of the signal reflecting the impact harshness (A). The remaining vehicle
acceleration after the impact is the so-called aftershake (B). The vertical accel-
erations show very small differences between integral link and control blade. This
is according expectations as the driven vehicle set-ups have very similar spring and
shock absorber characteristics. In longitudinal direction the difference between the
two suspensions becomes very clear. The integral link shows much lower accel-
erations during the rear suspension impact and also the aftershake accelerations are
much lower. During the subjective evaluation it was clearly observed that for the
integral link vehicle the rear impact was on a similar level as the front impact. For
the control blade SLA vehicle the rear impact was much more pronouncing than
the front impact. The observed difference between the two suspensions became
even clearer for the rear passengers.

brake pole

4
6

14 12

Fig. 9 Integral link brake pole
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6.2 Noise

The control blade SLA suspension on the Ford Mondeo to date has some known
sources of vibrations that are transferred to the vehicle structure. The key con-
tributor to noise is the flexible blade connecting the wheel carrier and the vehicle
body. Taking away this blade via the new integral link concept does indeed take
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away several vibration modes contributing to noise in the rumble range
(80–200 Hz). The resulting cruising noise measured in the interior is shown in
Fig. 11. On the front seat the integral link shows around 2 dB lower noise than the
control blade SLA. On the rear seat the difference is even more pronouncing: 4 dB.
During subjective evaluation this substantial reduction of noise was clearly
experienced.

7 Conclusions

Ford has developed a new integral link suspension for the future global CD
platform. The suspension was designed to meet a complex set of requirements
related to vehicle package, driving comfort and driving dynamics. The new sus-
pension layout significantly improves driving comfort and noise without com-
promising the strong steering and handling performance of the Ford Mondeo to
date. As a result, the customer will benefit from a more relaxed driving experience.
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On the Structural Simplification, Compact
and Light Design of a Vehicle Suspension,
Achieved by Using a Colloidal Cylinder
with a Dual Function of Absorber
and Compression-Spring

Claudiu Valentin Suciu and Shuuichi Buma

Abstract Classical suspension (oil damper mounted in parallel with compression
helical spring) is replaced by a colloidal suspension, in which case the spring can
be omitted. Hence, structural simplification, accompanied by a compact and lighter
design can be achieved. Oil is replaced by an ecological mixture of water and
water-repellent nanoporous particles of silica (artificial sand). Travel tests using a
V8 4.3L auto vehicle equipped with classical and colloidal suspensions were
performed. Ride comfort (ISO 2631 method) was evaluated during travel (speed:
5–40 km/h) on a normal road with an asphalt step (height: 37 mm; width:
405 mm), for various values of the tire inflation pressure (150–250 kPa). On
normal road without step the travel speed was increased up to 80 km/h. Accel-
eration at seat, seat-back, and feet surfaces was processed using the commercially
available DEICY system for ride comfort evaluation. Spring omission, accom-
panied by 60 % reduction of the outer diameter, and 30 % reduction of the mass
was achieved both for the frontal and rear colloidal suspensions. Results con-
cerning the ride comfort were validated in the case of classical suspensions.
Relationship between the travel speed of the vehicle and level of vibration per-
ception was obtained for various values of the tire inflation pressure. Ride comfort
decreased at augmentation of the travel speed and the tire inflation pressure. Since
the colloidal spring constant was 6 times larger than the constant of the com-
pression helical spring, colloidal suspension provided 1 rank lower ride comfort

F2012-G01-006

C. V. Suciu (&)
Fukuoka Institute of Technology, Fukuoka, Japan
e-mail: suciu@fit.ac.jp

S. Buma
Toyota Motor Corporation, Toyota, Japan
e-mail: s@buma.tec.toyota.co.jp

SAE-China and FISITA (eds.), Proceedings of the FISITA 2012 World
Automotive Congress, Lecture Notes in Electrical Engineering 198,
DOI: 10.1007/978-3-642-33795-6_3, � Springer-Verlag Berlin Heidelberg 2013

21



than the classical suspension. Pitching and rolling movements were not considered
during the estimation of the ride comfort. Relation between the lateral acceleration
and the rolling attitude angle was experimentally determined. Ride comfort results
were explained by taking into account the vehicle behaviour during frontal, rear
and superimposed impact excitations, in correlation with the variation against
travel speed of the frequency weighting proposed by the ISO 2631. Although the
colloidal suspension was found to provide inferior ride comfort than the classical
suspension, results obtained so far are encouraging since better performances are
to be expected by softening the colloidal spring, and by redesigning the suspension
including the stabilizers.

Keywords Ride comfort � Vehicle dynamics � Suspension � Colloidal cylinder �
Absorber and spring

1 Introduction

Auto vehicle of the 21st century must be fabricated through ecological technol-
ogies and should be propelled by using ‘‘green’’ energies. Implicitly, future gen-
erations of hybrid and electrical auto vehicles are expected to employ improved
suspension systems from various viewpoints, such as: development of environ-
mental friendly working fluids to replace the oil; structural simplification of the
conventional suspensions; compact and lighter design of suspension, etc. In this
work, an oil-free absorber and spring is proposed to replace the conventional
suspension. Since the annual reduction of oil consumption is estimated to be about
3,000 ton, only in Japan, such research subject occurs as appealing. Oil-free
absorbers developed up-to-now, are using ecological fluids such as: air, water,
solutions of water and glycerine, etc., but have various demerits such as: insuffi-
cient damping ability, structural complexity, etc. In this work, oil is replaced by a
colloid, i.e., a mixture of water and water-repellent nanoporous particles of silica
(artificial sand with controlled architecture), to obtain an ecological hydraulic
absorber with high dissipative performances. In one particular design, colloid was
encapsulated into elastic tanks, and such damping elements were introduced inside
the cylinder of a conventional oil damper to obtain a hybrid absorber [1]. Aiming
structural simplification and ecological benefits, in a different design, colloid was
directly placed and sealed inside of the working cylinder [2–6]. In order to achieve
an absorber suitable for vehicle suspensions, its life was extended by introducing
the silica into a tank, separated from the main cylinder by a filter permeable [7, 8]
or a diaphragm impermeable [9] to water. Although the conversion mechanism of
mechanical energy was not fully understood, colloidal absorbers showed quite
stable damping properties against temperature variation and surprisingly reduced
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heating [10, 11]. In comparison with classical auto vehicle suspensions that
employ for instance oil dampers mounted in parallel with compression springs, the
latter providing for the necessary restoring force, in the case of a colloidal damper,
since the liquid naturally exudes from the water-repellent silica matrix at
decompression, the restoring force is intrinsically achieved, and the compression
helical spring can be omitted [12]. In this way, structural simplification, accom-
panied by a compact and lighter design can be achieved. In this work, travel tests
using a V8 4.3L auto vehicle equipped with classical and colloidal suspensions are
performed. Ride comfort (ISO 2631 method [13]) is evaluated during travel
(speed: 5–40 km/h) on a normal road with an asphalt step, for various values of the
tire inflation pressure. On normal road without step the travel speed is increased up
to 80 km/h. Results obtained are validated in the case of classical suspensions.
Relationship between the travel speed of the vehicle and level of vibration per-
ception is found for various values of the tire inflation pressure. Ride comfort
results are explained by taking into account the vehicle behaviour during frontal,
rear and superimposed impact excitations, in correlation with the variation against
travel speed of the frequency weighting proposed by the ISO 2631. Methods to
improve the ride comfort of vehicles equipped with colloidal suspensions are
proposed.

2 Ride Comfort Evaluation

One traditional method to evaluate the ride comfort is to place the concerned
vehicle over four expensive actuators and to excite it by using a complex con-
trolling system able to simulate the real road conditions. Alternatively, in this
work, tests of an auto vehicle travelling on normal road with an asphalt step are
performed, and the equivalent (weighted composite) acceleration aW is calculated
as [13]:

aW¼
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where Wc;Wd;Wk½ � are the frequency weightings or filters to be applied to
acceleration data [13], and a is the acceleration in a Cartesian system of coordi-
nates (subscripts x, y and z) measured at the feet surface (subscript F), at the seat
surface (subscript S) and at the seat-back surface (subscript B), respectively.
Concerning the human perception of vibration, for aW\0:315 the vibration is not
uncomfortable, for 0:315� aW � 0:63 the vibration is a little uncomfortable, for
0:5� aW � 1:0 the vibration is fairly uncomfortable, for 0:8� aW � 1:6 the
vibration is uncomfortable, for 1:25� aW � 2:5 the vibration is very
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uncomfortable, and for aW � 2 the vibration is extremely uncomfortable. Thus,
higher values of aW mean worsened ride comfort.

3 Characteristics of the Evaluated Suspensions

Figure 1 illustrates a schematic view of the colloidal suspension, according to a
specific design, in which the colloid is placed inside of a diaphragm. A nanoporous
powder consisted of water-repellent silica micro-particles with diameters in the
range of 10–70 lm and a mean particle diameter of 20 lm, was employed. After
coating with alkyl chains (C8H17), properties of the nanoporous material were
determined through nitrogen porosimetry, as follows: pore diameter range:
1–40 nm, mean pore diameter: 5 nm, specific pore surface: 440 m2/g, specific pore
volume: 0.55 cc/g and, bonding density of the grafted alkyl chains at the inner wall
of the pore: 2 group/nm2.

In this work, three types of suspensions are evaluated as follows: actual sus-
pension consisted of oil damper mounted in parallel with compression helical
spring, and proposed suspensions consisted of colloidal dampers with and without
attached springs (Table 1). Outer diameter reduces from 135 to 55 mm (59 %
reduction) and the mass reduces from 5.9 to 4.6 kg (22 % reduction) in the case of
a frontal colloidal suspension without spring. Moreover, 120 g of oil are replaced
by an ecological mixture of silica (8 g) and water (22 g). Similarly, the outer
diameter reduces from 105 to 40 mm (62 % reduction) and the mass reduces from
2.8 to 1.9 kg (32 % reduction) in the case of a rear colloidal suspension without
spring. Besides, 80 g of oil are replaced by 20 g of ecological colloid. Thus,
structural simplification (spring omission) is accompanied by a compact and
lighter design. Figure 2 presents the two degrees of freedom vibration model
corresponding to a vehicle suspension consisted of an absorber mounted in parallel
with a compression helical spring and Table 2 shows the associated mass ele-
ments, spring constants and damping coefficients. One takes kCS ¼ 0 for colloidal
suspensions mounted without compression helical springs. Moreover, spring
constant of the oil damper can be neglected (kOD ffi 0). Table 3 illustrates variation
of the tire spring constant versus the inflation pressure.

Piston

Load, F

Cylinder

Diaphragm

Water Pressure, p

Penetration/Exudation

Nanopore
Water-repellent nanoporous 
micro-particle of silica

Fig. 1 Schematic view of the colloidal suspension (Specific design with colloid placed inside of
a diaphragm)
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4 Ride Comfort Evaluation from Impulse Tests of the Vehicle

Ride comfort was evaluated during travel tests on a normal road with a single
semi-sinusoidal asphalt step of 37 mm height and 405 mm width. Travel speed
was adjusted in the range of 5–40 km/h with an incremental step of 2.5 km/h by
using a GPS speedometer. An impulse-like excitation was obtained when the
vehicle passed the asphalt step at a certain speed, and the ride comfort was
evaluated from the measured acceleration under the conditions specified by the
ISO 2631 method [13]. Also the ride comfort was evaluated for halted vehicle, in
which case the excitation was induced by the engine and air-conditioning system.
Tire inflation pressure was adjusted in the range of 150–250 kPa with an

Table 3 Variation of the tire spring constant versus the inflation pressure

Inflation pressure [kPa] 150 175 200 225 250

Tire spring constant, kt [N/mm] 195 205 215 225 235

Table 2 Characteristics of the evaluated suspensions (Mass, spring constants and damping
coefficients)

Parameter Frontal suspension Rear suspension

Body mass, Mb [kg] 240 240
Wheel mass, Mw [kg] 27 23
Constant of the compression helical spring, kCS [N/mm] 21.6 18.6
Spring constant of the colloidal damper, kCD [N/mm] 35 25
Damping coefficient of the oil damper, cOD [Ns/m] 730 675
Damping coefficient of the colloidal damper, cCD [Ns/m] 1,450 735
Damping coefficient of the tire, ct [Ns/m] 81 81

OD
c

M w

tk tc

bM

CSk

CDc

CDk

Fig. 2 Two degrees of
freedom vibration model
corresponding to the
evaluated suspensions
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incremental step of 25 kPa (see Table 3). Figure 3 shows that during halt and
travel tests, acceleration in the vertical, horizontal and lateral directions (z, x and
y) was measured at 3 locations: seat, seat-back and feet surfaces. Recorded signal
was automatically processed by using the commercially available DEICY system
for ride comfort evaluation, which directly computed the equivalent accelera-
tionaW : As a limitation of this investigation, pitching and rolling movements were
not considered during the estimation of the ride comfort.

5 Experimental Results and Discussions

Variation of the RMS equivalent acceleration versus the travel speed of a vehicle
equipped at frontal and rear suspensions with oil dampers mounted in parallel with
compression helical springs, for various values of the inflation pressure (150–
250 kPa) is given in Fig. 4. One observes that the RMS equivalent acceleration
increases, i.e., the ride comfort decreases at augmentation of the travel speed and
the tire inflation pressure. This can be explained by the fact that, as the travel speed
V increases, the excitation frequency f ¼ V=k increases and becomes closer to
suspension’s natural frequency fn (here k is the wavelength of the road roughness).
Oppositely, the RMS equivalent acceleration decreases if travel speed exceeds the
critical velocity (Vn ¼ kfn). As expected, the vehicle’s ride comfort worsens at
augmentation of the inflation pressure since the tire stiffness increases. In the right
side of Fig. 4 one illustrates the corresponding domains for human perception of
vibration. In this way, one finds the relationship between the travel speed and the
level of vibration perception, for various values of the tire inflation pressure. Thus,

Laptop

Seat surface

Seat-back surface

x y

z

z

x y

x
y

z
x

y

z

3D accelerometer

3D accelerometer

(Sheet-pad)

Laptop

Measurement 

equipment

of the vehicle 

ride comfort
Feet surface

3D 
accelerometer

Fig. 3 Measurement equipment to evaluate the ride comfort
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for 0 B V B 2 km/h the vibration is not uncomfortable, for 2 B V B 4 km/h the
vibration is a little uncomfortable, for V B 13–15 km/h the vibration is fairly
uncomfortable, and for V B 23–30 km/h the vibration is very uncomfortable, and
at resonance, vibration is extremely uncomfortable. These reference results
obtained for classical suspensions are necessary to validate the procedure proposed
and to critically evaluate the performances of the novel colloidal suspensions.

Figure 5 shows the exponential spectrum of vibration, obtained through FFT
transformation of the body acceleration under the DEICY system, for a V8 4.3L
auto vehicle equipped with classical and colloidal suspensions, travelling on a
normal road without steps at a velocity of 80 km/h. Actual suspension has a
natural frequency of fn ¼ 1:6Hz (Fig. 5), a helical spring constant of 36.1 N/mm
and a damping coefficient of 1,120 Ns/m (oil damper). On the other hand, colloidal
suspension without helical spring has a natural frequency of fn ¼ 2:7Hz (Fig. 5), a
colloidal spring constant of 213.2 N/mm and a damping coefficient of 1,742 Ns/m.
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Fig. 5 Exponential
spectrum of vibration
obtained for a V8 4.3L auto
vehicle travelling on a normal
road without steps, at a
velocity of 80 km/h
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Details on the tested colloidal damper are given in Table 4. For ride comfort
evaluation one calculates the equivalent accelerations as follows: aW ¼ 0:38 m=s2

for classical suspension, meaning a little uncomfortable, and aW ¼ 0:77m=s2; for
colloidal suspension, meaning fairly uncomfortable. Since the colloidal spring
constant was 6 times larger than the helical spring constant, i.e., the colloidal
suspension was too stiff, although the damping coefficient was higher, the damping
ratio (f ¼ pfnc=k) became 2.2 times lower. For this reason, the colloidal suspen-
sion was found to provide, according to the ISO 2631 method, 1 rank lower ride
comfort.

In order to get a deeper understanding on the differences of behaviour between
the classical and colloidal suspensions, for a tire inflation pressure of 200 kPa, one
compares the variation of equivalent acceleration aW versus travel speed, for the
following four combinations (Fig. 6):

(1) Frontal suspension: oil damper and spring; Rear suspension: oil damper and
spring (red line in Fig. 6); (2) Frontal suspension: oil damper and spring; Rear
suspension: colloidal damper and spring (blue line in Fig. 6); (3) Frontal sus-
pension: colloidal damper and spring; Rear suspension: oil damper and spring
(brown line in Fig. 6); and, (4) Frontal suspension: colloidal damper without
spring; Rear suspension: oil damper and spring (green line in Fig. 6).

Table 4 Characteristics of the colloidal suspensions used for the of the V8 4.3L autovehicle

Cross-sectional area of the piston rod [mm2] 201
Total volume of water [cc] 330
Total volume of silica powder inside the diaphragm [cc] 86.7
Spring constant of water [N/mm] 186.5
Spring constant of the colloid consisted of silica powder and water [N/mm] 35.1
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Fig. 6 Variation of the RMS equivalent acceleration versus the travel speed of a vehicle
equipped with various types of frontal and rear suspensions, for a tire inflation pressure of
200 kPa
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As expected, the ride comfort worsens when colloidal suspensions are used, and
this undesired effect is more prominent for frontal colloidal suspensions. When
classical suspensions are used at the frontal wheels, on the graph of equivalent
acceleration versus the travel speed, a single peak can be seen in the higher speeds
region. Oppositely, for colloidal suspensions at the frontal wheels, two different
peaks can be observed, one for lower speeds and the other in the region of higher
speeds (Fig. 6). In order to explain these results, one considers the vehicle
behaviour during frontal and rear impact excitations (Fig. 7), in correlation with
variation versus the travel speed of the main filter Wk used by the ISO 2631
method for the ride comfort evaluation (Fig. 8).

Thus, during travel tests, firstly the frontal suspension receive an impact from
the asphalt step, this producing an impulse-like excitation of higher fre-
quencyff ¼ V=b; where b is the width of the step (Fig. 7). Then, the rear sus-
pension receive an impact from the asphalt step, this producing an impulse-like
excitation of lower frequencyfr ¼ V=L; where L is the distance between the frontal
and rear wheels (Fig. 7). Complementarily, Fig. 8 shows variation of the filter Wk

versus the travel speed, obtained for the frontal impact excitation, rear impact
excitation, and the superposed or global excitation, respectively. Comparison of
Figs. 6 and 8 reveals that: for combinations (1) and (2) with frontal classical
suspensions, mainly the rear impact excitation is responsible for the recorded
response; for combinations (3) and (4) with frontal colloidal suspensions, a global
superposed frontal-rear impact excitation is responsible for the recorded response.

0.405 m
b

(Asphalt step)

Travel speed, V

Frontal impact excitation 
of higher frequency:

ff = V/b

L = 2.35 m

Rear impact excitation 
of lower frequency:

fr = V/L
Travel speed, V

(Asphalt step)

Fig. 7 Frontal impact excitation of higher frequency followed by the rear impact excitation of
lower frequency of the tested auto vehicle
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In other words, while the vehicle body still vibrates due to the frontal impact, it
receives a second rear impact, this producing a superposition of effects.

Figure 9 illustrates variation of the right-left height difference versus the lateral
acceleration during the lane change test of the V8 4.3L auto vehicle equipped with
classical and colloidal suspensions. At the reference lateral acceleration of ± 5 m/
s2 the rolling attitude angle of the colloidal suspension (height difference: 12 mm)
was about three times smaller than that corresponding to actual suspension (height
difference: 35 mm). Thus, vehicle stability at lane change was improved due to the
higher colloidal spring constant, this meaning increased degree of maneuverability
at direction change.

6 Conclusions

In this work, a relatively inexpensive method was proposed to evaluate the ride
comfort of a V8 4.3L auto vehicle equipped with classical and colloidal suspen-
sions, during travel (speed: 5–40 km/h) on a normal road with an asphalt step, for
various values of the tire inflation pressure. On normal road without steps the
travel speed was increased up to 80 km/h. Due to the compression helical spring
omission, 60 % reduction of the outer diameter, and 30 % reduction of the mass
was achieved for the colloidal suspensions. Results concerning the ride comfort
were validated in the case of classical suspensions. Ride comfort decreased at
augmentation of the travel speed and the tire inflation pressure. Since the colloidal
spring constant was considerably larger than the constant of the compression
helical spring, colloidal suspension provided 1 rank lower ride comfort than the
classical suspension, but the vehicle stability at lane change was improved (3 times
smaller rolling attitude angle, i.e., higher degree of maneuverability at direction
change). Ride comfort results were explained by the reduction of the damping ratio
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Fig. 9 Variation of the right–left height difference versus the lateral acceleration during the lane
change test
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under too stiff colloidal suspensions, and by taking into account the vehicle
behaviour during frontal, rear and global (or superimposed) impact excitations, in
correlation with the variation against travel speed of the filters proposed by ISO
2631. Although the colloidal suspension was found to provide inferior ride comfort
than the classical suspension, results obtained so far are encouraging since better
performances are to be expected by softening the colloidal spring, and by rede-
signing the suspension including the stabilizers. Results obtained are in agreement
with the well known fact that the suspension design is always based on a trade-off
between the vehicle’s ride comfort and its maneuverability.
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Fractured Reasons Analysis and Structure
Optimization of a Light Truck Steering
Bracket

Xiang Wang, Xiongjie He, Weiwei Jia and Dongfang Xiao

Abstract In this paper, combination of a light truck’s market issues, use
HyperWorks software to do the finite element analysis of the fractured bracket,
and improve the structure by topology optimization, optimized bracket compared
with fractured bracket, obviously reduction of the maximum stress, and lighten the
weight. Experimental verification of the final optimized stands by the reliability,
indicating that the structure of CAE-based analysis and topology optimization, can
provide the means for product failure analysis, find the optimal solution for
product design, and is a also very important way for vehicle lightweight.

Keywords Steering bracket � Topology optimization � Experimental verification �
CAE

1 Introduction

Steering bracket of a light truck bulk fracture appears on the market, this paper is
to find fractured reasons of the steering bracket by finite element analysis, and the
using of topology optimization software optimized the structure of the bracket, and
finally through the bench test to verify the reliability of optimized bracket.
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2 Steering Bracket Fractured Analysis

The bracket of the original assembly of the steering mechanical steering, the
market did not appear fracture problems, the latter in order to improve the steering
lightly, mechanical steering replaced the power steering, the steering bracket
untouched steering maximum output torque of the original 960 N�m becomes
1,920 N�m. Replacement vehicle is sold an average of six months, travelling
10,000 km, finding bulk fracture, the fractured bracket are shown in Fig. 1.

The fractured bracket as a whole casting, its material is ductile iron QT450, and
has done fractured market sample metallographic analysis, the results shown in
Table 1.

Bracket, according to test results, compliance with technical requirements,
eliminate the problem of production quality, needs to do the structure stress
analysis.

3 Finite Element Analysis of the Steering Bracket

3.1 Model Established

Steering bracket between the steering gear and the frame is connected to the
outside through four threaded holes, fixed the steering inside with five through-
hole and the frame bolted connections, installed above the cab tilting bracket,
steering bracket is mainly affected by the steering gravity, the cab gravity and the

Fig. 1 3D & Fractured location of the steering bracket

Table 1 Bracket
metallographic test data

Spheroidization grade Matrix Pearlite Carbide

Grade 4 Ferrite \10 % \1 %
Eligibility yes
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reaction of the steering gear output torque, the steering gear gravity relative output
torque can be neglected, the specific structure of the steering fixed structure in
Fig. 2.

Point A as a springboard for the force size for steering the maximum output torque/
rocker arm center point length = 1,920 (N/m)/196 (mm) 9 1,000 = 9,827 N, a
condition known as the steering gear output shaft of torque through the rocker arm to
pass along the F direction at point A force of 9,827 N, the rocker arm and redirector as a
whole, the force of the reaction force acting on the steering gear output shaft is 9,827 N,
direction, and F is the opposite. Take the steering gear output shaft and rocker arm
intersects the center of the load to B, the force along the-F direction, the four fixed
during the simulation will point B with the steering bracket holes rigid link (RBE2).

The cab of the force exerted on the steering on the installation according to the
cab, steering gear on the plane four mounting holes with the cab connected to the
center of mass, and apply 1/4 cab concentration.

Altair’s HyperWorks finite element software to establish the finite element
model (Fig. 3), the steering bracket model grid is divided into a higher order
tetrahedral element 90,318,17 rigid elements, 393,361 nodes.

3.2 Result and Analysis

Of cracking scaffold model to calculate the apparent position of bracket cracking in
the results of the analysis, we focus on the bracket cracking at stress contours and
maximum. Stress cloud (Fig. 4) shows the crack at the maximum stress value
189.4 Mpa, the value of this stress and did not consider the impact loading condi-
tions, and material fatigue notch limit is 210 MPa closer to the low safety factor in the
long run withstand the steering force case, inevitably produce a fatigue fracture.

A

B

F-F

Fig. 2 Steering fixed
structure sketch
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Fig. 4 Steering bracket cracking location of stress cloud

Fig. 3 Steering bracket finite element analysis model

Fig. 5 Optimized regional settings (black: optimized area)
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4 Topology Optimization of the Bracket Structure

Based on the above analysis, we can see now that the bracket cracking position’s
stress is too big, strength can not meet the actual power steering needs, must to
optimize the structure.

4.1 Optimization Model Established

Use the topology optimization module of the HyperWorks to OptiStruct bracket,
topology optimization goal is to find the best material of the support structure
distribution program to get the structure of the optimal shape. Load or support
based on the known constraints, solve the problem of the distribution of the
material, so that the stiffness of the structure to achieve maximum output dis-
placement, stress, etc. to achieve the requirements [1]. The topology optimization
is divided into three steps: (1) as defined in the optimization of regional (2) define
the optimal parameters (3) to optimize the calculation. Defined optimization
parameter contains the definition of constraints, the objective function conver-
gence tolerance, the Altair company’s Optistruct module will set the density of the
unit design variables, cell density in the 0 to a continuous change in 0 and 1
representing the Air or solid intermediate value represents the imaginary the
material density [2].

Set the optimization of regional support structure (Fig. 5), non-optimized area
for the bracket holes and steering fixed countersink hole area, less than the material
fatigue notch stress value is set to optimize the constraints, the minimum quality as
the optimization objective optimization The results shown in Fig. 6.

Fig. 6 Material optimization diagram (threshold of 0.12)
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4.2 Structure Refinement

The use of topology optimization to find the best distribution of the material, in
conjunction with shape optimization, size optimization for details of the optimi-
zation, the use of HyperMorph tool to change the model grid shape. Morphing
process to create and modify Domains (domain) and the Handles (handles), the
model is divided into multiple domains. The shape of these domains is controlled
by the handles, by moving the handle, you can change the shape of the domain,
such as borders, chamfering, curvature, and the domain node location [2]. Opti-
mization, we must also consider bracket manufacturing constraints for castings, to
increase the draw direction and the maximum/minimum size constraints in the
optimization process, the specific set of parameters with existing foundry mold and
determine the level. Optimize the results using the HyperMesh OSSmooth tools
converted to IGES surface format [3], the second design of the optimized geom-
etry, import CAD software to finalize the steering bracket, the optimized structure
of solid model shown in Fig. 7.

5 The Finite Element Optimized Analysis of Bracket

Optimized bracket to re-establish the finite element model to analyze its strength,
and verify that optimize bracket performance advantages and disadvantages.
Fracture bracket or brackets improve the analysis process, the optimization of the
boundary conditions of the bracket, the force load, calculate the stress magnitude
can be seen from Fig. 8, brackets in the crack at the maximum stress 142.4 Mpa
bracket close to, and improvement than cracking bracket stress is reduced 47 Mpa,
reduce the weight of 2.9 kg, the specific Table 2.

Fig. 7 The optimized final steering bracket model
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6 Bracket Fatigue Life Experiments

6.1 Experimental Test Program

Four-channel electro-hydraulic servo component fatigue testing system (Model
PLS-L50B4, Fig. 9) to optimize bracket fatigue life experiments, steering the

Fig. 8 Optimized bracket stress cloud

Table 2 Contrast between
the optimized bracket and the
original

The maximum stress
of cracking position/(MPa)

Weight/(kg)

Cracking bracket 189.4 7.6
Optimized bracket 142.4 4.7

Fig. 9 The fatigue life test
bench
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actual working environment to simulate the bracket at the same time impose two
fatigue conditions (Table 3).

Specific of the applied loads and constraints, shown in Fig. 10.

6.2 Experimental Results

Under the test program, after the simulated condition 150,000 times and condi-
tions of up to 200,000 times, the bracket has not permanent deformation, breakage
or cracking (Fig. 11), optimize the bracket through the experimental technique
requirements, see Table 4.

Table 3 Bracket fatigue life test simulation conditions table

Case1: torque force point perpendicular to the direction install the geometric center line of the
face, the torque size -2,000 to 2,000 N�m (the output of the steering torque 1,920 N�m), the
frequency of 0.25 Hz,sine wave loading, until the product breaks or the number of cycles up
to 50,000 times.

Case 2: front suspension under the load point force perpendicular to the hanging bracket
mounting face of the geometric center of the load size as -3,000 to 3,000 N, frequency of
2.5 Hz sine wave load test until fracture or number of cycles to reach 20 million times, such as
200,000 times without failure phenomenon, with the torque load to continue to do until the
product fracture failure or the end of time (144 h).

A

B

B

A

Fig. 10 Experimental loads and constraints
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7 Conclusions

The above statement of the topology optimization based on the HyperWorks,
testifies that the steering bracket optimization results significantly, optimized
bracket cracking stress significantly reduced and weight mitigated, to meet the
performance requirements. In addition we can see through this example, the
topology optimization method, more accurate calculation in a given work situation
and the given design space, a reasonable spatial distribution of the material, use
this method to optimize the structure of the chassis, such as suspension parts, etc.,
can ensure strength of the part, at the same time greatly reducing the weight [4, 5].
CAE analysis with optimization methods and experimental validation, can
enhance the designer’s component design capabilities, verify that the feasibility of
the optimized structure.

Fig. 11 Sample photos after experiment

Table 4 Experimental results

Experimental
items

Technical requirements Sample Experimental results

Fatigue life At the same time load
simulation Case 1
and Case 2

Optimized
bracket

Torque load reaches 50,000 (front
suspension load up to 200,000 times
then continue), the samples not result
in fracture failure.
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Optimization Design of Suspension
Structure Based on Multi-Body Dynamic
Analysis
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Abstract Operation stability of vehicles is directly impacted by suspension K&C.
Multi-body dynamic CAE analysis and suspension K&C design are two tools for
suspension design, which are fundamental both in theory and test. Test and sim-
ulation analysis will be conducted to a benchmarking vehicle in the development
of a sedan. Geely has established its chassis lab, which is equipped with K&C test
equipment, operation stability performance test equipment, and owns subjective
appraisers. Testing data can be accumulated by suspension K&C and vehicle
operation stability and riding comfort test on competing vehicles and developing
vehicles. Through analysis of the test data, a performance comparison of different
suspension structures, i.e. McPherson strut, torsion beam, and multi-link, thus
suspension structures appropriate for different vehicles of Geely’s platforms are
determined. In addition, optimization analysis is conducted to suspension structure
and vehicle performance with ADAMS/CAR and CARSIM software to confirm
the vehicle performance and system performance.
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1 Introduction

In the vehicle design process, subjective evaluation, objective testing, and simu-
lation analysis of system of vehicle of operation stability are applied to develop-
ment of vehicles. For estimates of vehicle performance, objectively measured data
of automobile steering stability can be taken as the input of simulation analysis,
through which the vehicle performance objective is confirmed and performance
objective decomposition of each system can be implemented [1].

In this chapter, Model A, a vehicle in research and development on a platform
of Geely is taken as the research object. Based on the foundation Model 3,
operation stability of benchmarking Model 1, 2 and 4 is analysed through com-
parison of test data, optimization analysis of suspension structure and vehicle
performance is conducted using ADAMAS/CAR and CARSIM. Finally, overall
vehicle of Model A is designed and values of system targets are set.

2 Vehicle Target Setting and Decomposition Profile

2.1 Vehicle Targets Setting

Vehicle targets setting (VTS), indicates the confirmation of subjective and objective
targets of vehicle operation stability and ride comfort ability. Through vehicle tar-
gets setting, decomposition of system targets can be further conducted [2].

2.2 System Design Factors

The system design factors (SDF), indicates to conduct target setting to suspension
systems, steering systems and braking systems according to the vehicle ride and
operation targets [2, 3].

Suspension system performance consists of K&C characteristics. In the chassis
design process, simulation analysis or test analysis of suspension K&C perfor-
mance should be conducted for prediction and control of vehicle performance.
K&C performance is directly related to vehicle operation stability and comfort
ability, and K&C performance indicators include roll steer coefficient, variation
coefficient of toe-in changes with longitudinal force, and etc.

In the steering system design, the key performance consists of steering tie rod
plane angle, minimum turning diameter, the Ackermann rate, and Ackermann
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deviation. And the Ackermann rate is an important indicator of automotive design,
if the Ackermann rate is inadequate, steering force may be insufficient, which shall
cause tire wear and a series of problems [4].

3 Vehicle Target Setting

The vehicle-level targets are set with vehicle database of competitive products the
same level and with combination of product orientation of the designed model.

3.1 Subjective Evaluation of Operation Stability and Ride Comfort

Subjective evaluation result of operation stability of Model 1–4 is shown in Fig. 1,
from which Model 3 is superior in ride comfort and attitude control; favourable in
parking manipulation, straight running and limit operation; while poor in curve
control and steering interference. For more details, see Table 1.

3.2 The Objective Test of Operation Stability and Ride Comfort

As shown in Table 2, performance of Model 3 is optimal in low speed aligning,
serpentine and double lane, while poor in angle step and needs to be improved
(Figs. 2, 3).

Based on subjective evaluation of vehicle performance and comprehensive
steering performance, ride comfort, operability stability, vehicle performance of
Model 3 and 4 are equivalent and superior to that of Model 1 and 2. According to

Fig. 1 Of the vehicle ride
and handling ride comfort
subjective evaluation
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local analysis, the steering system performance of Model 3 is weaker in steering
system response, torque feedback and low speed aligning than that of Model 1, 2
and 4, so they should be improved;

According to the objective test result of operation stability and ride comfort,
Model 3 is slightly inferior to Model 1, 2 and 4 in response, so it should be
improved.

Fig. 2 Maximum value of acceleration at driver’s foot position on floor

Fig. 3 Maximum value of acceleration at rear passengers’ foot position on floor
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Table 3 Objective targets of operation stability and ride comfort of model A

Project Performance
index

Unit Car 3 Car A

Steady static
circular

Understeer gradient deg/g 2.56 2.2 * 2.6 Steady steering
Body roll angle

@0.5 g
deg 2.23 B 2.3

Response
characteristics

Yaw rate steady
state gain

dB -12.85 -

11 * -

13

Response
characteristics

Yaw rate
of natural
frequency

Hz 1.2 [1.2

Yaw rate the 1 Hz
phase lag angle

deg 27.94 \35

Yaw rate response
time

s 0.20 \0.19

Lateral acceleration
response time

s 0.43 \0.35

Steering sensitivity g/
100 deg

1.25 [1.3

Fig. 4 Subjective targets setting of operation stability and ride comfort of model A
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3.3 Vehicle-Level Targets Setting

According to the above analysis, Model 3 and Model 1 are close, and Model A is
the improved Model 1, so Model 1 and 3 are selected as targets setting benchmark
of vehicle operation stability and ride comfort. The subjective targets of Model A
shall be improved on the basis of Model 1 and 3, and the specific target values are
shown in Fig. 4.

Fig. 5 Steady static
circular—under steer

Fig. 6 Steady static
circular—roll angle
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Subjective targets of vehicle operation stability and ride comfort are set through
simulation analysis with Carsim software [5]. For Model 3, response character-
istics of operation stability and ride comfort need to be improved, so the target is
promoted in setting, as shown in Table 3. Figures 5, 6 show the overall status of
two design parameters, i.e. under steer degree and the car body roll angle in steady
static circular mode in VTS parameters. The overall status is well and can be
acceptable (Table 4).

Table 4 Objective targets of ride comfort of model A

Performance Target Unit Car A Remark

Pulse road Driver’s seat av_max m/s2 5.19 30 km/h
The left rear passenger seat av_max m/s2 6.58
Driver’s seat av_max m/s2 5.46 60 km/h
The left rear passenger seat av_max m/s2 5.31

Random road Driver’s seat the total aw_r.m.s m/s2 0.282 70 km/h
The left rear passenger seat the total aw_r.m.s m/s2 0.293
Driver’s seat the total aw_r.m.s m/s2 0.303 100 km/h
The left rear passenger seat the total aw_r.m.s m/s2 0.309

Fig. 7 Front suspension
structure form

Fig. 8 Rear suspension
structure form-one
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Fig. 9 Rear suspension structure form-two

Table 5 Model A suspension K&C performance targets setting

Parameter Unit Front sus Rear sus

Roll center height mm 88.6 140.4
Roll steer % - 1.19 -2.259
Roll camber % 21.16 20.92
Toe/fy deg/KN -3.87E-06 7.34E-05
Camber/fy deg/KN 1.41E-04 3.09E-04
Toe/fx deg/KN -1.42E-04 6.49E-05
Track/wheel travel – 0.05065 -0.1072
Base/wheel travel – 0.03856 0.1205

Fig. 10 Roll centre
location—front suspension
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4 System Targets Setting

The system-level targets are confirmed through combination of test data and
software [6].

4.1 Suspension System Targets Setting

The front suspension structure in Model 1–4 is McPherson (Fig. 7), the rear
suspension form in Model 2 and 4 is torsion beam structure (Fig. 8), and rear
suspension form in Model 1 and 3 is multi-link structure (Fig. 9). In the

Fig. 11 Variation of Toe-In
with roll steer—front
suspension

Fig. 12 Roll camber—front
suspension
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comparison of performance of various models, Model 3 is favourable in overall
performance; since the same suspension system of Model 3 is applied in Model A,
performance targets setting of suspension K&C is similar to that of Model 3, as
shown in Table 5. Figures 10, 11, 12 and 13 show the value range of Model A
suspension system target setting in SDF parameter table, and the overall perfor-
mance is favourable.

4.2 Steering System Targets Settings

The response performance of Model 3 is poor, and the steering performance needs
to be improved. In addition, electric power steering is applied in Model A and
facilitates to performance promotion, so steering performance targets setting of
Model A is higher than that of Model 3, as shown in Table 6.

Fig. 13 Lateral force camber
stiffness—front suspension

Table 6 Steering performance targets setting of model A

Steering performance Car 3 Car A

The Ackermann rate left turn to the limit 63.87 [50 %
The Ackermann rate right turn to the limit 51.92 [50 %
Ackermann deviation revolver corner 25� (left) 2.82 \2.5�
Ackermann deviation revolver corner 25� (right) 3.39 \2.5�
Steering system transmission ratio 16.2 14 * 17
Steering rack such as the effectiveness of arm 135.63 [125 mm
Steering rod plane angle 7.24 \8
Minimum turning diameter 11.54 \11.5 m
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5 Conclusion

The vehicle performance targets include the subjective and objective performance
targets of operation stability and ride comfort, and the system-level mainly con-
sists of the performance targets of suspension, steering and braking system. In this
chapter, through analysis of performance of Model 1–4, combined with the current
VTS-SDF parameters database and based on the different performance design of
the suspension forms, vehicle performance targets and system-level targets of
Model A under research and development on some platform are finally deter-
mined, which shall provide reference for future development of models on the
platform.
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Analysis and Optimization of Torque
Variation in Steering Column Assembly

Guohui Yan

Abstract The steering torque variation which is an important evaluation index of
the vehicle handling stability directly influences the feeling of driving. The
objective of this chapter is to optimize the hard points and the phase angle of
steering column assembly in order to reduce the torque variation to the minimum,
and improve the vehicle handling stability. In this chapter, the formulas for
accurate calculation of the angular velocity ratio and the torque variation in double
cross universal joints system are deduced according to the transmission analysis of
single cross universal joint. Based on the study of the formula for approximate
calculation of the rotational angle deviation in double cross universal joints system
and the calculation of the torque variation using MATLAB software, an effective
optimization method of the phase angle which could be applied to reduce the
angular velocity ratio and the torque variation is obtained. The torque variation
could be calculated exactly and reduced to the minimum by using the optimization
method and formulas in the early stage of steering column assembly layout. The
formulas and optimization method could also be applied to other cross universal
joints transmission system.

Keywords Torque variation � Universal joint � Angular velocity ratio � Phase
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1 Introduction

Steering column assembly is a very important transmission mechanism, which is
composed by steering shaft, steering column tube, upper bracket, lower bracket
and intermediate shaft, etc. Now steering column assembly mostly adopts double
cross universal joints, which would cause the torque variation because of space,
dimension tolerance of parts and assembly error. It would influence the feeling of
steering, and then cause the driver to feel uncomfortable. So it is very important to
reduce the torque variation to the minimum in steering column assembly. In this
chapter, the torque variation of steering column assembly with double/three cross
universal joints is optimized, the hard points and the phase angle are illustrated in
detail, which could provide theoretical basis for the engineers in analysis and
optimization of the torque variation in steering column assembly.

2 The Transmission Analysis of Single Cross Universal Joint

The transmission of single cross universal joint has advantages of simple structure,
high transmission efficiency and lower noise. However, the transmission speed is
not constant, the rotational angle of driven shaft fluctuates periodically when the
rotational angle of driving shaft rotates with constant angular velocity.

As shown in Fig. 1 [1]:

tanu1 ¼ tanu2cosa ð1Þ

Where
u1 is the rotation angle of driving shaft, the initial plane of the driving shaft

yoke is the plane of driving shaft and driven shaft
u2 is the rotation angle of driven shaft
a is the axial angle between driving shaft and driven shaft (0 � a\p=2).

By derivation from Eq. (1), the equation could be written as:

x2

x1
¼ cosa

1� sin2acos2u1

ð2Þ

Where
x1 is the angular velocity of driving shaft
x2 is the angular velocity of driven shaft.

In Eq. (2), cosu1is a periodic function with 2p; so the angular velocity ratio is a
periodic function with p: From Eq. (2), ðx2=x1Þmax ¼ 1=cosa; ðx2=x1Þmin ¼ cosa:

The rotational angle deviation of two shafts could be expressed as [1]:
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Du2�1 ¼ u2 � u1 ¼ arctan
2tanu1sin2ða=2Þ
tan2 u1 þ cosa

ð3Þ

If the initial plane of the driving shaft yoke is perpendicular to the plane of
driving shaft and driven shaft, Eq. (4) could be derived from Eq. (1).

tanu2 ¼ tanu1cosa ð4Þ

Eq. (1) and Eq. (4) are the transmission formulas of single cross universal joint,
while the initial planes of the driving shaft yoke are different.

If the angle between the two planes is c1 as shown in Fig. 2 (0 � b \ p=2),
Eq. (1) can be written as:

tanðu1 þ c1Þ ¼ tanðu2 þ uc1
Þcosa ð5Þ

Where uc1
is the rotation angle of driven shaft when the driving shaft rotates c1

from the plane of driving shaft and driven shaft.
By derivation from Eq. (5), the equation could be written as:

x2

x1
¼ cosa

1� sin2acos2ðu1 þ c1Þ
ð6Þ

Fig. 1 The transmission of single cross universal joint

the plane of driving shaft and driven shaft

1γ
rotational direction

the initial plane of the driving shaft yoke

Fig. 2 The initial plane of the driving shaft yoke
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Supposing that T1; T2 are torque of driving shaft and driven shaft respectively,
and the transmission efficiency is ignored, we could draw the conclusion:

T1 � x1 ¼ T2 � x2 ð7Þ

T2

T1
¼ x1

x2
¼ 1� sin2acos2ðu1 þ c1Þ

cosa
ð8Þ

The torque variation could be expressed as:

Dk2�1 ¼
T2 � T1

T1

�

�

�

�

�

�

�

�

¼ 1� sin2acos2ðu1 þ c1Þ
cosa

� 1

�

�

�

�

�

�

�

�

ð9Þ

The rotational angle deviation could be expressed as:

Du2�1 ¼ u2 � u1 ¼ ðu2 þ uc1
Þ � ðu1 þ c1Þ � ðuc1

� c1Þ

¼ arctan
2tanðu1 þ c1Þsin2ða=2Þ
tan2ðu1 þ c1Þ þ cosa

� arctan
2tanc1sin2ða=2Þ
tan2c1 þ cosa

ð10Þ

Eqs. (6, 9, and10) are formulas of the angular velocity ratio, the torque variation
and the rotational angle deviation of single cross universal joint respectively,
which could be applied to any initial plane of the driving shaft yoke.

3 The Transmission Analysis of Double Cross
Universal Joints

Plane I is the plane of input shaft and intermediate shaft.
Plane II is the plane of intermediate shaft and output shaft.
Universal joint 1 is the joint of input shaft and intermediate shaft.
Universal joint 2 is the joint of intermediate shaft and output shaft. (Fig. 3)
As for universal joint 1:

input shaft

Plane I

universal joint 1

universal joint 2

Plane II

output shaft

intermediate shaft

θ

τ

α

β

Fig. 3 The transmission of
double cross universal joints
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x2

x1
¼ cosa

1� sin2acos2ðu1 þ c1Þ
ð11Þ

Du2�1 ¼ u2 � u1 ¼ arctan
2tanðu1 þ c1Þsin2ða=2Þ
tan2ðu1 þ c1Þ þ cosa

� arctan
2tanc1sin2ða=2Þ
tan2c1 þ cosa

ð12Þ

As for universal joint 2:

x3

x2
¼ cosb

1� sin2bcos2ðu2 þ c2Þ
ð13Þ

Du3�2 ¼ u3 � u2 ¼ arctan
2tanðu2 þ c2Þsin2ðb=2Þ
tan2ðu2 þ c2Þ þ cosb

� arctan
2tanc2sin2ðb=2Þ
tan2c2 þ cosb

ð14Þ

Where a is the axial angle between input shaft and intermediate shaft
(0 � a\p=2).
b is the axial angle between intermediate shaft and output shaft. (0 � b\p=2).
u1;u2 and u3 are the rotational angles of input shaft, intermediate shaft and output
shaft respectively x1;x2 and x3 are the angular velocity of input shaft, inter-
mediate shaft and output shaft respectively.
c1 0 � c1\p) is the angle between the initial plane of the input shaft yoke and
Plane I in rotation direction.
c2 (0 � c2\p) is the angle between the initial plane of the intermediate shaft yoke
and Plane II in rotational direction.
Du2�1 is the rotational angle deviation between intermediate shaft and input shaft.
Du3�2 is the rotational angle deviation between output shaft and intermediate
shaft.

The angular velocity ratio of double cross universal joints is derived from
Eq. (11) and Eq. (13):

x3

x1
¼ x3

x2
� x2

x1
¼ cosa

1� sin2acos2ðu1 þ c1Þ
� cosb

1� sin2bcos2ðu2 þ c2Þ
ð15Þ

The torque variation of double cross universal joints could be expressed as:

Dk3�1 ¼
1� sin2acos2ðu1 þ c1Þ

cosa
� 1� sin2bcos2ðu2 þ c2Þ

cosb
� 1

�

�

�

�

�

�

�

�

ð16Þ

The rotational angle deviation of double cross universal joints is derived from
Eq. (12) and Eq. (14):
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Du3�1 ¼ u3 � u1 ¼ ðu3 � u2Þ þ ðu2 � u1Þ

¼ arctan
2tanðu1 þ c1Þsin2ða=2Þ
tan2ðu1 þ c1Þ þ cosa

� arctan
2tanc1sin2ða=2Þ
tan2c1 þ cosa

þ arctan
2tanðu2 þ c2Þsin2ðb=2Þ
tan2ðu2 þ c2Þ þ cos b

� arctan
2tanc2sin2ðb=2Þ
tan2 c2 þ cos b

ð17Þ

a;b;c1 and c2 are known parameters. From Eq. (12),we could conclude that u2 ¼
u1 þ Du2�1; so Eqs. (15, 16, and17) are functions of u1.

4 The Transmission Optimization of Double Cross
Universal Joints

In Fig. 4, Plane I is the initial plane of the input shaft yoke, so that the intermediate
shaft yoke of universal joint 1 is perpendicular to Plane I. Supposing that the angle
s (0 � s \ p=2) is the angle of Plane II leading Plane I in rotational direction, and
h (0 � h� p=2) is the phase angle of intermediate shaft, we could conclude that
the rotational angle deviation of double cross universal joints is [2]:

Du3�1 ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

a4 þ b4 � 2a2b2cos2ðs� hÞ
q

4
sin2ðu1 þ rÞ ð18Þ

Where r ¼ 1
2

arctan
b2 sin 2ðs� hÞ

a2 � b2 cos 2ðs� hÞ

� �

.

The amplitude of Du3�1is:

Du3�1j j ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

a4 þ b4 � 2a2b2cos2ðs� hÞ
q

4
ð19Þ

the direction of rotation

Plane I

Plane II

the plane of  intermediate shaft yoke 
on the side of universal joint 1

the plane of  intermediate shaft yoke 
on the side of universal joint 2

τ

θ

Fig. 4 The plane angle and the phase angle of intermediate shaft
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In order to make Du3�1 minimum, the amplitude Du3�1j j should be minimum.
When h ¼ s:

Du3�1j jmin¼
a2 � b2
�

�

�

�

4
ð20Þ

So the transmission of double cross universal joints is constant only when
h ¼ s; a ¼ b.

In Fig. 4, the torque variation of double cross universal joints could be
expressed as:

Dk3�1 ¼
1� sin2acos2u1

cosa
� 1� sin2bcos2ðu2 þ c2Þ

cosb
� 1

�

�

�

�

�

�

�

�

ð21Þ

u2 ¼ u1 þ arctan
2tanu1sin2ða=2Þ
tan2u1 þ cosa

ð22Þ

The curves of c2 � Dk3�1 derived by MATLAB are shown in Figs. 5 and 6.
When c2 ¼ p=2; h ¼ s and the torque variation is minimum.

To sum up, in order to realize constant-velocity driving, the condition h ¼ s; a ¼ b
should be fulfilled in the system layout of double cross universal joints. If a 6¼ b; the
deviation between a and b should be minimum and keep h ¼ s(positive and negative
of h, s also should be same) to obtain the minimum torque variation. The minimum

torque variation is
cosb
cosa

� 1

�

�

�

�

�

�

�

�

or
cosa
cosb

� 1

�

�

�

�

�

�

�

�

:

2γ [°]

3−
1

λΔ

Fig. 5 a ¼ b ¼ 20, 0 �u1\2p
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5 Analysis and Optimization of Torque Variation in Steering
Column Assembly

5.1 Steering Column Assembly with Double Cross Universal Joints

Now steering column assembly mostly adopts double cross universal joints, the
axial angle of each cross universal joint should be 34�max, and the torque variation
of steering column assembly is recommended 5 % max.

Steering column assembly is usually divided into non-adjustable type, tilt type
(or rake type), telescope type, tilt and telescope type. To avoid the torque variation
and realize constant transmission, the axial angle a between steering shaft and
intermediate shaft should be equal to the axial angle b between intermediate shaft
and steering gear input shaft, and the phase angle h of intermediate shaft should be
equal to the plane angle s between Plane I and Plane II in the design position of
steering column assembly. If a ¼ b could not be met because of space limit, the
deviation of a and b should be minimum and h ¼ s(positive and negative of h, s
also should be same) must be kept to obtain the minimum torque variation. Then
the torque variation should be checked in the upper and lower positions of tilt type
(rake type, or tilt and telescope type).Take a vehicle steering column assembly for
example as shown in the Table 1 and Fig. 7.

3−
1

λΔ

2γ [°]

Fig. 6 a ¼ 20; b ¼ 30, 0 �u1\2p
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5.2 Steering Column Assembly With Three Cross Universal Joints

Steering column assembly of up-tilt type usually contains three cross universal
joints as shown in Fig. 8, the tilt angle is usually less than ± 10, and the axial
angle a1 of 1st universal joint is usually 0 in the design position.

0.00

0.01

0.02

0.03

0.04

0 30 60 90 120 150 180 210 240 270 300 330 360

design position upper position lower position

Rotation angle [°]

Fig. 7 The curves of the torque variation in different positions (an example)

1st universal joint

2nd universal joint

3rd universal joint

Fig. 8 Steering column assembly with three cross universal joints

Table 1 The parameters of a vehicle steering column assembly (an example)

position a[�] b[�] h[�] s[�] Du3�1[%]

upper 31.25 33.769 60.9 64.942 3.64
design 32.986 32.985 60.923 0
lower 34.866 32.203 57.313 3.76
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In order to make the torque variation of the system to be minimum, the torque
variation of the double cross universal joints connected by intermediate shaft
should be minimum, the same as the optimization method of double cross uni-
versal joints, and the phase angle of the shaft connecting 1st universal joint and
2nd universal joint is very important. If a2� a3 (a2 is the axial angle of 2nd
universal joint, a3 is the axial angle of 3rd universal joint) and h2 ¼ s2 (h2 is the
phase angle of intermediate shaft, s2 is the plane angle of 2nd and 3rd universal
joints system) could be met, the angular velocity ratio will be similar to Fig. 9, the
phase angle h1of the shaft connecting 1st universal joint and 2nd universal joint
should be equal to the plane angle s1 of 1st and 2nd universal joints system in
order to make the torque variation of steering column assembly to be minimum
(positive and negative of h1; s1 also should be same), and the minimum torque

variation is cosa1cosa3
cosa2

� 1
�

�

�

�

�

�
or cosa2

cosa1cosa3
� 1

�

�

�

�

�

�
: If a2� a3 and h2 ¼ s2 could be met,

the angular velocity ratio will be similar to Fig. 10, h1 ¼ p=2� s1 (positive and
negative of h1; s1 should be opposite) must be kept to obtain the minimum torque

variation, and the minimum torque variation is cosa3
cosa1cosa2

� 1
�

�

�

�

�

�
or cos a1 cos a2

cos a3
� 1

�

�

�

�

�

�
.
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Fig. 9 The angular velocity ratio (an example)
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2nd universal joint 2nd and 3rd universal joints
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Fig. 10 The angular velocity ratio (an example)
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6 Conclusion

The formulas deduced in this paper could be applied to quantitative calculation of
the torque variation in steering column assembly. The torque variation could be
reduced to the minimum by using the optimization method in the early stage of
steering column assembly layout. The formulas and optimization method could
also be applied to other cross universal joints transmission system.
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Analysis of the Mechanism Kinematic
Interference of a Heavy Articulated Dump
Truck’s Balanced Suspension System

Zhijun Guo, Bo Yang, Zhongli Li, Jingbo Wo and Keming Meng

Abstract The balanced suspension with rubber springs is widely used in heavy
articulated dump truck’s chassis to improve the power performance and the
passing ability of vehicle. However, the congenital kinematics interference of the
absorber and the guide linkage is in existence because of the natural structural
feature of this kind of balanced suspension. On the basis of former dynamic
analysis of the chassis’ ride comfort by using vibration theory, the principle of
mechanism kinematics is used to analyze the characteristics and the law of such a
suspension system in this chapter. The kinematics sketch of the balanced sus-
pension is obtained by way of hypothesis and simplification; the kinematics
equations of the balanced suspension are further deduced; the relative movement
law and the ways to reduce the interference are analyzed and surveyed by cal-
culating the equations. It is concluded that it is beneficial to reduce the kinematics
interference and prolong the life of the absorber and the guide linkage if the
Guiding mechanism is parallel to X axis, and Panhard rod is parallel to Y axis of
the vehicle coordinate while designing such balanced suspension. Compared with
other chapters of the author, the kinematics interference of Panhard Rod was firstly
analyzed in this chapter. However, the theoretical result needs more experimental
support.
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Keywords Balanced suspension � Guiding mechanism � Kinematics �
Interference

1 Introduction

Heavy articulated dump truck (HADT) can provide excellent performance in the
Earth-rock transportation of water utilities, transport construction, mineral
resources development and other large projects [1–5]. The balanced suspension,
which is widely used in HADT, marking the wheels contact with the ground in
complex conditions, to improve the dynamic performance and the passing ability
of the vehicle [6, 7]. In the research of the balanced suspension, type A frame
guiding mechanism was used to transmit longitudinal force between the frame and
the axles, the rubber springs and Panhard Rod are used to transmit the vertical and
lateral force between the frame and the axles [8–10]. In the small batch of real
vehicle test process, the rubber springs shear failure happened. The form and the
layout of the guiding mechanism and Panhard Rod had significant great influence
on the balanced suspension components’ force. The relative motion equations of
the balanced suspension were deduced, and the relative movement law of the
balanced suspension’s main components was analyzed, to obtain the conditions
which can avoid or reduce the interference.

2 Modeling

2.1 Physical Model

As the kinematics and dynamics interaction between HADT’s front and rear body
is relatively independent because of the articulated structure. Therefore, this study
only establishes the rear body physical model for simplified analysis. The physical
model of the rear body is shown in Fig. 1. In the 2D model, the articulated plate is
simplified to be the combination motion pair with 4�; type A frame is simplified to
be the rigid rod, which hinged the frame with one end,and fixed on the corre-
sponding axle with the other end; Panhard Rod was also simplified to be the rigid
rod, which connected with the frame and the axle with revolution pair; the rubber
spring was simplified to be the spring-damping component.

2.2 Mechanism Simplification

Figures 2 and 3 illustrate the kinematics sketches of the balanced suspension (the
side and the back view).The assumption are as follows: the frame is fixed; all
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components except the rubber spring are rigid rods. In Fig. 2, the middle and rear
type A frame turn around O0 and O00, the balance beam turns around G. The rubber
spring was simplified to be the special component AB and EF, which hinged
balance beam with upper end points A and E and hinged the axle with lower points
B and F. As the original vehicle used laminated rubber springs with allowable
strain of 5 %, the deformation along the springs’ centerline was very small. So it is
assumed that AB and EF are incompressible along the Y axis. With the motion of
the axle, the relative position between A and B (E and F) is changing along X. It is
the important factor to affect of rubber spring’s shear force and deformation, and
also the main investigation index. Therefore, it was assumed that AB and EF could
be stretched freely along the X axis. In the static equilibrium, take O point for the
origin of the coordinates. According to the original vehicle size, G point coordi-
nates is (2932, 380), OB = l1 = 2,016 mm, AG = GE = l2 = 916 mm. The
guiding mechanism trajectory is the dotted line, and the balance beam trajectory is

(a) Side view (ExceptPanhard Rod) 

(b) Back view (Except Type A frame) 

Fig. 1 Physical model of the rear body. 1 Balance beam, 2 spring, 3 damping, 4 rear wheel, 5
rear axle, 6 rear type a frame, 7 middle wheel, 8 middle axle, 9 middle type a frame, 10
articulated plate, 11 rear body, 12 rear panhard rod.

Fig. 2 Kinematic sketch of the balanced suspension (Side view)
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the solid line. Provisions were as follows: when B is over the X axis, h1 and a are
positive Angle, h2 is a negative Angle; conversely, when B is under the X axis, h1

and a are negative Angle, h2 is a positive Angle.
In Fig. 3, Panhard rod BH turns around H, the axle BD turns around B. The

rubber spring was simplified to be the special component AB and CD, which
hinged balance beam with upper end points A and C and hinged the axle with
lower points B and D. It is also assumed that AB and CD are incompressible along
the Y axis and could be stretched freely along the X axis. B point is the origin of
the coordinates, and H point coordinates is (l, ltanc). According to the original
vehicle size, l = 1,105 mm, BD = T=1,380 mm. The trajectory of Panhard rod is
the solid line. Provisions were as follows: when B0 is over the X axis, h is a positive
Angle, otherwise, h is a negative Angle; if H is over the X axis, angle c is positive,
and otherwise, angle c is negative.

3 Analysis of the Relative Movement Between the Guiding
Mechanism and Balance Beam

3.1 Kinematics Equations

In Fig. 2, if the angle between the middle axis and X axis is b1, the coordinates of O0

would be (0, l1tanb1). When O0B turns h1 to O0B0, assume that AG turns a to A0G.

Aðl1; bÞ;A0ða� l2 cos a; l2 sin aþ bÞ

Bðl1; 0Þ; B0
l1

cos b1
cosðb1 � h1Þ;

l1

cos b1
sin b1 �

l1

cos b1
sinðb1 � h1Þ

� �

Assuming that the vertical distance of AB is fixed, (A0B0)y can be given by:

A0B0ð Þy¼ ABð Þy¼ l2 sin aþ b� l1 tan b1 þ
l1

cos b1
sin b1 � h1ð Þ ¼ b

a ¼ arcsin
l1
l2

tan b1 �
l1

l2 cos b1
sin b1 � h1ð Þ

� �

ð1Þ

Fig. 3 Kinematic sketch of
the balanced suspension
(Back view)
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A0B0ð Þx¼ a� l2 cos a� l1

cos b1
cos b1 � h1ð Þ ð2Þ

Taking Eq. (1) into Eq. (2) is rearranged by:

A0B0ð Þx¼ a� l2 cos arcsin
l1
l2

tan b1 �
l1

l2 cos b1
sin b1 � h1ð Þ

� �� �

� l1
cos b1

cos b1 � h1ð Þ ð3Þ

Assuming that the parallel distance of AB is X = | (A0B0)x |.

X ¼ a� l2 cos arcsin
l1
l2

tan b1 �
l1

l2 cos b1
sin b1 � h1ð Þ

� �� �

� l1
cos b1

cos b1 � h1ð Þ
�

�

�

�

�

�

�

�

ð4Þ

In Fig. 2, if the angle between O00 F and X axis is b2, the coordinates of O00

is(l1 ? l2,l2tanb2). When O00 F turns h2 to O00 F0, EC turns a to E0C.

E l1 þ 2l2; bð Þ;E0 l1 þ l2 þ l2 cos a; l2 sin aþ bð Þ

F l1 þ 2l2; 0ð Þ; F0 l1 þ l2 þ
l2

cos b2
cos b2 � h2ð Þ; l2 tan b2 �

l2
cos b2

sin b2 � h2ð Þ
� �

Assuming that the vertical distance of EF is fixed, (E0F0)y can be described by:

E0F0ð Þy¼ EFð Þy¼ l2 sin aþ b� l2 tan b2 þ
l2

cos b2
sin b2 � h2ð Þ ¼ b

a ¼ arcsin tan b2 �
sinðb2 � h2Þ

cos b2

� �

ð5Þ

E0F0ð Þx¼ l2 cos a� l2
cos b2

cos b2 � h2ð Þ ð6Þ

Taking Eq. (5) into Eq. (6) can be rearranged as:

E0F0ð Þx¼ l2 cos arcsin tan b2 �
sin b2 � h2ð Þ

cos b2

� �� �

� l2
cos b2

cos b2 � h2ð Þ ð7Þ

Assuming that the parallel distance of EF is X0 = | (E0F0)x |.

X0 ¼ l2 cos arcsin tan b2 �
sin b2 � h2ð Þ

cos b2

� �� �

� l2

cos b2
cos b2 � h2ð Þ

�

�

�

�

�

�

�

�

ð8Þ
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3.2 Constraint Conditions

According to the real vehicle size, b1 = 9.2� as O0 reach the limit height. In the 2D
diagram of mechanism, the angle range of b1 was taken as [-10�, 10�]. As the
limit frame fixed on the body plays a role in limiting the rotation of balance beam,
the angle range of a was taken as [-10�, 10�]. According to Eq. (1), h1 is changing
along with b1. The maximum h1 = 4.54� and minimum h1 = -4.54� through
calculation. In the 2D diagram of mechanism, the angle range of h1 was taken as
[-5�, 5�].

Similarly, b2 = 26.8� as O00 reach the limit height. In the 2D diagram of
mechanism, the angle range of b2 was taken as [-27�, 27�]. According to Eq. (5),
h2 is changing along with b2. The maximum h2 = 9.58�and minimum h2 = -

9.52� through calculation. In the 2D diagram of mechanism, the angle range of h2

was taken as [-10�, 10�].

3.3 Result Analysis

Equation (4) reflects the relationship of X changing along with h1 and b1. The 3D
diagram of the X changing along with h1 and b1 is illustrated in Fig. 4. On the basis
of Eq. (4), take 5 kind of b1 as -10�, -5�, 0�, 5�, 10�, the curve of AB horizontal
spacing X in different b1 as h1 being the independent variable was shown in Fig. 5.

From Figs. 4 and 5, it can be seen that in the two stages of h1 changing from -

10� to 0� and from 0� to 10�, the variation of AB parallel spacing X in five kinds of
b1 Angle is generally opposite. AB parallel spacing average �X is taken for the
comprehensive investigation. Different �X in five kinds of b1 is shown in Table 1.

It can be seen from Table 1 that AB spacing average �X reduce gradually while
b1 increases from –10� to 0�; AB spacing average �X increase gradually while b1

increases from 0� to 10�; and AB spacing average �X reach minimum value at

Fig. 4 3D diagram of
X changing along with h1

and b1
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b1 = 0�. Since the rubber force depends on its deformation, so it can be concluded
that the X shear force average of rubber spring is the smallest as b1 = 10�.

Equation (8) reflects the relationship of X0 changing along with h2 and b2. The
3D diagram of X0 changing along with h2 and b2 is reported in Fig. 6. On the basis
of Eq. (8), take 5 kind of b2 as -27�, -14�, 0�, 14�, 27�, the curve of EF
horizontal spacing X0 in different b1 as h2 for the independent variable is shown in
Fig. 7.

Fig. 5 2D diagram of
X changing along with b1

Table 1 �X values in five
kinds of b1 angle

b1(�) -10 -5 0 5 10
�X(mm) 16.16 9.97 9.03 9.97 16.16

Fig. 6 3D diagram of X0

changing along with h2

and b2

Analysis of the Mechanism Kinematic Interference 75



From Figs. 6 and 7, it can be found that in the two stages of h2 changing from
-10� to 0�, and from 0� to 10�, the variation of EF spacing X0 in five kinds of b2

Angle is reducing firstly and then is increasing. EF spacing average X0 is taken for
the comprehensive investigation. X0 in five kinds of b2 Angle is shown in Table 2.

From Table 2, It can be seen that, when b2 increases from -27� to 0�, EF
spacing average X0 reduce gradually; When b2 increases from 0� to 27�, EF
spacing average X0 increase gradually; EF spacing average X0 reach minimum as
b2 = 0�. Since the rubber force depends on its deformation, so it can be concluded
that the X shear force average of rubber spring is the smallest as b2 = 0�.

4 Analysis of the Relative Movement Between Panhard Rod
and Balance Beam

4.1 Kinematics Equations

In Fig. 3, the angle between Panhard rod HB and X axis is c. When HB turns h to
HB0, assume A arrive A0.

A 0; að Þ;A0 0; aþ l tan cþ l cos c sinðh� cÞð Þ

B 0; 0ð Þ; B0 l cos c cos c� cos h� cð Þ½ �; l tan cþ l cos c sin h� cð Þð Þ

Fig. 7 2D diagram of X0

changing along with h2

Table 2 X0 value in five
kinds of b2 angle

b2(�) -27 -14 0 14 27

X0(mm) 42.91 20.99 0.00 20.99 42.91
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As it was assumed that AB’s vertical distance of is fixed, the parallel distance of
AB can be described as follows is as follows.

A0B0ð Þx¼ l cos c cos c� cosðh� cÞ½ � ð9Þ

The parallel distance of AB was assumed to be X = | (A0B0)x |

X ¼ l cos c cos c� cosðh� cÞ½ �j j ð10Þ

In Fig. 3, When B turns h to B0, horizontal ordinate of B0 is
l cos c cos c� cosðh� cÞ½ �. When BD turns u to B0D0, horizontal ordinate of D0 is
l cos c cos c� cosðh� cÞ½ � þ T cos u. As it was assumed that the vertical distance
of CD is fixed, the parallel distance of CD is given by:

C0D0ð Þx¼ T � T cos u� l cos c cos c� cos h� cð Þ½ � ð11Þ

The parallel distance of CD was assumed to be X0.

X0 ¼ C0D0j jx¼ T � T cos u� l cos c cos c� cos h� cð Þ½ �j j ð12Þ

Equation (12) contains three variable values: c, h and u. According to the
trajectories of axle, if c and h were fixed, X0 would get minimum value when B0D0

parallel to the X axis; When absolute value of angle u between the X axis and B0D0

increase gradually, X0 also increase; When D0 reach the limit position, X0 would get
maximum value. For more convenient investigation of the relationship between X0

and c, BD’s limit position is calculated to eliminate the influence of the angle u.
CD’s maximum horizontal space X0max is analyzed, and equations of X0max
changing along with c and h are deduced.

X0max ¼ T � l cos c cos c� cos h� cð Þ½ �

�
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

T2 � 162þ l tan cþ l cos c sin h� cð Þj j½ �2
q

ð13Þ

4.2 Constraint Conditions

According to the real vehicle size, c = 15.4� as H reach the limit height. In the 2D
diagram of mechanism, the angle range of c was taken as [-15�, 15�]. The angle
range of a was taken as [–10�, 10�]. As h is changing along with c, the maximum
h1 = 4.54� and minimum h1 = –4.54� through calculation. In the 2D diagram of
mechanism, the angle range of h was taken as [-10�, 10�].
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4.3 Result Analysis

Equation (10) reflects the relationship of X changing along with h and c. The 3D
diagram of the AB horizontal spacing X change according to h and c is shown in
Fig. 8. On the basis of Eq. (10), taking 7 kind of c as -15�, -10�, -5�, 0�, 5�, 10�,
15�, the curve of AB horizontal spacing X in different c is shown in Fig. 9.

Based on the results of Figs. 8 and 9, AB spacing average �X is taken for the
comprehensive investigation in the stage of h changing from -10� to 10�. �X values
at different kinds of c are shown in Table 3.

It can be seen from Table 3 that, AB spacing average �X reduce gradually when c
increases from -15� to 0�; AB spacing average �X increase gradually when c
increases from 0� to 15�; AB spacing average �X reach minimum value at c = 0�.
Since the rubber force depends on its deformation, it can be concluded that the Y
shear force average of rubber spring is the smallest at c = 0�.

Equation (13) reflects the relationship of X0max changing along with h and c.
Figure 10 shows its 3D diagram. On the basis of Eq. (13), take 7 kind of c as -15�,
-10�, -5�, 0�, 5�, 10�, 15�, the curve of CD’s X0max in different h is shown in
Fig. 11.

It can be seen from Figs. 10 and 11 that, in 7 different c, when h increases from
-10� to 10�, CD spacing maximum X0max occurs as h was maximum or mini-
mum. The variation is decreasing firstly and then increasing gradually. CD spacing
maximum X0max reach minimum as c = 0�. X0max value in different kinds of c is
shown in Table 4.

From Figs. 10, 11, and Table 4, it is concluded that the Y shear force peak of
rubber spring is the smallest at the point c = 0�.

Fig. 8 AB horizontal
spacing X change according
to h and c
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5 Conclusion

Both the angles between the HADT’s balanced suspension guiding mechanism and
vehicle coordinate system X axis and between Panhard rod and the Y axis have
significant effect on the rubber spring’s shear force. The rubber spring average or
peak shear force could reduce to the minimum when both of the angles are 0� based
on the calculation and analysis. In consideration of the vehicle’s overall layout and
the minimum ground clearance, it is suggested to make the guiding mechanism
parallel to the vehicle coordinate system X axis, and make Panhard rod parallel to

Fig. 9 AB horizontal
spacing X in different c

Table 3 �X values in different
c

c(�) -15 -10 -5 0 5 10 15
�X(mm) 25.19 17.23 8.75 6.16 8.75 17.23 25.19

Fig. 10 X0 max change
according to h and c
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the Y axis in designing such heavy dump truck’s balanced suspension, which helps
to receive the effect of reducing the balanced suspension’s interference.
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A Probabilistic Optimization Approach
to Vehicle Suspension Design Under
Uncertainty

Xiaokai Chen, Qinghai Zhao, Yi Lin and Kang Song

Abstract The problem of vehicle development subject to uncertain parameters is
of great significance in realistic engineering applications. A probabilistic optimi-
zation approach are proposed to deal with the uncertainty and demonstrated in
vehicle suspension design application. The uncertainty propagation is realized by
Sparse Grid Techniques. As a hierarchical multilevel Multidisciplinary Design
Optimization (MDO) method with uncertainty, Probabilistic Analytical Target
Cascading (PATC) is enhanced by considering the first two statistical moments of
interrelated responses. The proposed methods were demonstrated by a suspension
probabilistic optimization problem, and were solved by the proposed PATC and
SGNI. Results show that the enhanced PATC has good effectiveness and
efficiency.
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1 Introduction

The design of suspension affects the vehicle performance in terms of ride, han-
dling, rollover stability, braking and traction. Most research in suspension design
and tuning was based on the assumption that all parameters are deterministic.
Actually, the spring stiffness and damping rate may vary with respect to the
nominal value due to production tolerances and/or wear, ageing. The tyre stiffness
can have stochastic variations because of the variety of possible vehicle loading
conditions and the uncertainty of the inflating pressure. In addition, the weight and
CG position of vehicle often exhibit a significant variability. Hence, the problem
of vehicle uncertain parameters is of great significance in realistic engineering
applications.

Multidisciplinary Design Optimization (MDO) allows designers to incorporate
all relevant disciplines simultaneously. There are two main challenges involved in
MDO under uncertainty for hierarchical systems: the MDO framework and the
uncertainty propagation. Probabilistic Analytical Target Cascading (PATC) is a
hierarchical multilevel MDO method with uncertainty. Due to the need to describe
the probabilistic character, at least the first two statistical moments should be
matched. A wide variety of uncertainty propagation methods exist in literature,
such as Monte Carlo simulation, Taylor series method, polynomial chaos expan-
sion and the numerical integration-based methods. In this chapter, to realize the
uncertainty propagation and to provide accurate and efficient solutions for high-
dimension problem, Sparse Grid Numerical Integration was extended for esti-
mating the first two moments of the system output performances and constraints.
PATC was enhanced by considering the first two statistical moments of interre-
lated responses and linking variables.

In this chapter, Sect. 2 discusses the deterministic Analytical Target Cascading
and the Probabilistic Analytical Target Cascading formulation, respectively.
Sparse Grid Technique as the new method of uncertainty propagation is presented
with detail characterization to evaluate the first two moments in Sect. 3. In Sect. 4,
the vehicle performance design is formulated based on Probabilistic Analytical
Target Cascading, including system element and subsystem element. The response
surface method is adopted to calculate the performance index and the reliability
constraints are evaluated by Sparse Grid Technique. At last, the conclusion is
presented in Sect. 5.

2 Probabilistic Analytical Target Cascading Formulation

2.1 Review of the Deterministic Formulation

Product development includes a process of meeting targets T set by the enterprise
level decision-making models [1],expressed as an optimization problem
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Given T

find X

min T � RðXÞk k ð1Þ

s:t:gðXÞ� 0

The vector X includes all design variables, while the vector R represents the
system’s responses. The vector T includes the target values for R; fixed during the
optimization process. The design objective is to find a feasible design X that brings
the responses R as close as possible to the assigned targets T. The quality of a
design is measured by the deviation between R and T, using some (possibly
weighted| norm). In this chapter, we use the l2-norm to measure deviations, but
square the norms in the computational implementation of the process to avoid
derivative discontinuities.

Using the concept of ATC, the problem in Eq. (1) is decomposed hierarchically
into elements at multiple levels. Coupling among elements is captured by linking
variables. Linking variables can be design variables shared among elements with
the same parent or responses from ‘‘sibling’’ elements at the same level [2]. Each
element is a subproblem of a smaller size. Inputs to an element include its local
design variables, responses from its children elements, linking variables among its
children elements, and linking variables from sibling elements. The design and
analysis models at multiple levels are hierarchical by nature as the output of a
lower-level model becomes the input of a higher-level model.

The deterministic ATC optimization of element j at level i(Oij) with nij children
is formulated in Eq. (2). The vector rij represents the element’s responses. The
optimization variables include local design variables xij, linking variables yij,
targets for children responses r(i+1)k, k = 1,…,nij, targets for children linking
variables y(i+1)j, and tolerance optimization variables er and ey to coordinate
children responses and linking variables for design consistency. The collective
optimization variables will from now on be referred to as decision variables. Note
that element Oij collects all linking variables of its children in a single vector
y(i+1)j. The kth child of Oij uses a selection matrix S(i+1)k, to identify which com-
ponents of y(i+1)j correspond to the linking variables y(i+1)k of that child [3].
Similarly, the Oij itself uses its selection matrix Sij to identify the target values for
its linking variables from the vector yiq

U, where q denotes its parent.

Given rU
ij ; y

U
iq; r

U
ij ; y

U
iq; y

L
ðiþ1Þk; Sij; Sðiþ1Þk; k ¼ 1; . . .; nij

find rðiþ1Þk; xij; yij; yðiþ1Þj; e
r
ij; e

y
ij; k ¼ 1; . . .; nij

min rij � rU
ij

�

�

�

�

�

�
þ yij � Sijy

U
iq

�

�

�

�

�

�
þ er

ij þ ey
ij ð2Þ
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s:t
X

nij

k¼1

rðiþ1Þk � rL
ðiþ1Þk

�

�

�

�

�

�
� er

ij

X

nij

k¼1

Sðiþ1Þkyðiþ1Þj � yL
ðiþ1Þk

�

�

�

�

�

�
� ey

ij

X

nij

k¼1

Sðiþ1Þkyðiþ1Þj � yL
ðiþ1Þk

�

�

�

�

�

�
� ey

ij

where rij ¼ fij rðiþ1Þ1; � � � ; rðiþ1Þnij
; xij; yij

� �

In Eq. (2), superscripts U indicate targets assigned by the parent element, while
superscripts L indicate values passed from children elements. The targets for
responses and linking variables of element Oij are rij

U and Sijyiq
U, respectively. The

actual achievable values, r(i+1)k
L and y(i+1)k

L , are passed up to Oij from its children.
Solving the problem in Eq. (2), element Oij finds the achievable values of its
responses and linking variables that are the closest to rij U and Sijyiq U,
respectively. Oij then passes them back to its parent element as rij

L and yij
L,

respectively. It also determines the optimal values for its children responses and
linking variables with the least inconsistency from r(i+1)k

L and y(i+1)k
L . These optimal

values are passed down as targets, r(i+1)k
U and y(i+1)j

U .

2.2 Generalized Probabilistic ATC Formulation

In a probabilistic design optimization formulation, uncertain quantities are random
variables that can be characterized by a probability density function (PDF), a
cumulative distribution function (CDF), or descriptors such as moments [4]. We
use the superscript v to denote probabilistic characteristics of a random variable.
For example, for a normally distributed random variable X, Xv = [lX, rX]. Still
taking the objective as meeting design targets, the probabilistic AIO (PAIO)
optimization formulation is

Given Tv

find Xv

min Tv � Rvk k ð3Þ

s:t Pr gm Xð Þ� 0½ � � am; m ¼ 1; . . .;M

with R ¼ f Xð Þ
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where M is the number of constraints. In Eq. (3), capital letters R and X are used to
represent the random variables [instead of r and x used in Eq. (2)]. We assume that
an appropriate uncertainty propagation technique for computing Rv is available.
Design constraints are posed using the probabilistic feasibility formulation [5],
with am denoting the required reliability levels. Note that the system design targets
vector Tv in Eq. (3) has a different meaning from T, the targets for deterministic
responses in Eq. (2). In the presence of uncertainty, Tv consists of target values that
correspond to the probabilistic characteristics Rv. Setting the targets for probabi-
listic characteristics is important because variations of system performance can
lead to customer dissatisfaction and additional costs to the producer. On the other
hand, reducing performance variations often causes increase in the cost of product
development. For example, in considering vehicle engine noise under different
operating temperatures, design targets should be set for both the nominal value of
engine noise and its standard deviation.

2.3 PATC Formulation Based on Matching Mean and Variance

The particular implementation of the general PATC formulation presented in this
article sets targets on mean and standard deviation for element performance based
on robust design considerations and matches the first two moments of interrelated
responses and linking variables. The information flow of the design optimization
problem for element j at level i (element Oij) is shown in Fig. 1.

Rij and Yij are vectors of random responses and linking variables, respectively.
Rij are evaluated using analysis or simulation models Rij = fij(R(i+1)1,…,R(i+1)nij,
Xij, Yij). Targets for mean and standard deviation of Rij and Yij are assigned by the
parent element as (lRij

U , rRij
U ) and (lYiq

U , rYiq
U ), respectively. Achievable values of

mean and standard deviation for Rij and Yij are the outputs of the optimization
problem for element Oij, feeding back to its parent element as (lRij

L , rRij
L ) and (lYij

L ,
rYij

L ). Similarly, achievable values of its children element responses and linking
variables are passed to Oij as (lR(i+1)k

L , rR(i+1)k
L) and (lY(i+1)k

L , rY(i+1)k
L ), and must be

taken into account for consistency. The optimization problem for element Oij is
solved to find the optimum values of the probabilistic characteristics (not limited

Fig. 1 Information flow for particular PATC formulation
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to the first two moments) of its local design variables Xij and to determine the
target values for the responses and linking variables (lR(i+1)k

U , rR(i+1)k
U) and

(lY(i+1)j
U , rY(i+1)j

U), respectively, of its children elements.

Given lU
Rij
; rU

Rij
; lU

Yiq
; rU

Yiq
; lL

Rðiþ1Þk
;rL

Rðiþ1Þk
; lL

Yðiþ1Þk
; rL

Yðiþ1Þk
; Sij; Sðiþ1Þk; k ¼ 1; . . .; nij

find lRðiþ1Þk; rRðiþ1Þk;X
v
ij; lYij

; rYij ; lYðiþ1Þj
; rYðiþ1Þj ; e

lR
ij ; e

rR
ij ; e

lY
ij ; e

rY
ij ; k ¼ 1; . . .; nij

min lRij
� lU

Rij

�

�

�

�

�

�
þ rRij � rU

Rij

�

�

�

�

�

�
þ lYij

� Sijl
U
Yiq

�

�

�

�

�

�
þ rYij � Sijr

U
Yiq

�

�

�

�

�

�
þ elR

ij þ erR
ij

þ elY
ij þ erY

ij

ð4Þ

s:t
X

nij

k¼1

lRðiþ1Þk � lRL
ðiþ1Þk

�

�

�

�

�

�
� elR

ij

X

nij

k¼1

rðiþ1Þk � rL
Rðiþ1Þk

�

�

�

�

�

�
� erR

ij

X

nij

k¼1

Sðiþ1ÞklYðiþ1Þj
� lL

Yðiþ1Þk

�

�

�

�

�

�
� elY

ij

X

nij

k¼1

Sðiþ1ÞkrYðiþ1Þj � rL
Yðiþ1Þk

�

�

�

�

�

�
� erY

ij

Pr gij;m Rij;Xij; Yij

� �

� 0
� �

� aij;m; m ¼ 1; . . .;M

where Rij ¼ fij Rðiþ1Þ1; � � � ;Rðiþ1Þnij
;Xij; Yij

� �

We emphasize that Eq. (4) is a particular PATC formulation. Even though
targets and interrelated random variables are matched using the first two moments,
the probabilistic characteristics of local random variables Xij are not restricted to
the first two moments. It should also be noted that in the above formulation the
number of optimization variables is approximately twice as large relative to that of
the formulation since each random variable is represented by more than one
descriptor [6].

A lot of efforts have been made to develop methods of uncertainty propagation
in various fields such as structural reliability, stochastic mechanics, quality engi-
neering and considerably many methods are now available. Among various
methods, Full Factorial Numerical Integration (FFNI) [7] and Univariate Dimen-
sion Reduction (UDR) [8] are commonly used to evaluate the statistical moments
through direct numerical integration. The two methods are flexible with the type of
input distributions and their accuracy depends on the integration order of the
quadrature rule adopted. While the computational cost increases exponentially in
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FFNI, UDR has a linear increase of function evaluations with the number of input
random variables. However, this outstanding efficiency is obtained by sacrificing
accurate considerations of the interaction effects which may exist in the system. In
this study, Sparse Grid Technique (SGT) [9, 10] is proposed to calculate the
reliability constraints while reduce the CPU consumption and considering the
interaction effects within input random variables.

When dealing with uncertainties that propagate throughout the multilevel
hierarchy, one question is at which level the PATC process should begin. From an
organization’s viewpoint, the design process should start from the highest level, as
usually overall targets are assigned and cascaded down from top to bottom. On the
other hand, it may be beneficial to start at the level where uncertainty cannot be
reduced, i.e., at the level where we cannot control the variation of random inputs.
Typically, this occurs at the bottom level, where most random design variables
have known distributions. The bottom-up coordination strategy imitates the
uncertainty propagation process.

3 Sparse Grid Technique

Let Ui
1 and wi

1 denote the collocation points and weights for one-dimensional.
Thus, the collocation points space generated by SGT for d-dimensional space with
k-level accuracy is [11]:

~Uk
d ¼

[

q�dþ1� ij j � q

Ui1
1 � Ui2

1 � � � � � Uid
1 ð5Þ

where q = k ? d, |i| = i1 ? … ? id.
It can be found that the direct tensor product scheme can result in the expo-

nential increasing of the number of collocation points with respect to dimen-
sionality, while Sparse Grid technique could reduce the number of required
collocation points remarkably. Furthermore, the weight wl corresponding to the

collocation point ~nl ¼ ni1
ji1
; � � � ;wid

jid

h i

2 ~Uk
d is:

wl ¼ �1ð Þq� ij j d � 1
q� ij j

	 


wi1
ji1
� � �wid

jid

� �

ð6Þ

Then, the integration of nonlinear function f ~n
� �

in terms of Gaussian random

variables ~n can be computed as Eq. (7) up to (2k ? 1)-level accuracy.

Z

~n2~Uk
d

f ~n
� �

p ~n
� �

d~n �
X

Ps

l¼1

wlf ~n
� �

ð7Þ
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Sparse grids (d = 2, k = 2) are built based on the Gaussian integration points
as shown in Fig. 2. Assumed that the two dimensions are equally important, FFNI
method could obtain 9 (3 * 3) number of collocation point by direct tensor product
scheme. However, for the sparse grids method, at first, multi-exponential combi-
nation [i1, i2] need be calculated by satisfying the follow inequality condition:

3� i1 þ i2j j � 4 ð8Þ

i1; i2½ � ¼ 12; 13; 21; 22; 31f g
Note that the number of nodes in the first dimension and the second dimension

are set equal to the value of the index in the multi-exponential combination. Then
the totally collocation points are obtained by sparse grid method, which treat the
one dimension collocation points and weight by direct tensor product.

The process to estimate the moment based on the sparse grid technology is as
follows:

Setp 1: At first, the level number k (C0) for spares grid should be determined.
All possible index combinations i = (i1,…,id) that satisfy the follow inequality
formulation:

q� d þ 1� ij j � q ð9Þ

Setp 2: For each combination i = (i1,…,id), according to the integration point
number ij (j = 1,…,d) and the distribution of the random variable, the moment-
matching method is used to obtain the corresponding one-dimensional Gaussian
integration points and weights.

Setp 3: Based on the above points and weights, sparse grid collocation points
and corresponding weights in d-dimensional random space are calculated using
Eq. 6.

Setp 4: the formulation for the first second moments are obtained based on the
sparse grid collocation points and weights as follows:

Fig. 2 Sparse grid and FFNI (d = 2, k = 2)
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lg ¼
Z

~n2~Uk
d

gð~nÞpð~nÞd~n �
X

Ps

l¼1

wlgð~nÞ ð10Þ

rg ¼
Z

~n2~Uk
d

ðgð~nÞ � lgÞ2pð~nÞd~n �
X

Ps

l¼1

ws
l ðgð~nÞ � lgÞ2 ð11Þ

4 Vehicle Performance Design Based on PATC

4.1 Building Approximate Model

Multibody model built in software ADAMS/Car could be used to accurately
simulate handling and ride of vehicle. However, this model has complicated inner
structure, including many modeling elements, connection and much information
communication. So this model is not suitable for optimization, because it would
largely increase computational complexity. In order to improve efficiency of
computation, it is necessary to introduce approximate model.

In the optimization of handling and ride, front spring stiffness (x1), rear spring
stiffness (x2), front damping (x3), rear damping (x4), diameter of front anti-roll bar
(ARB) (x5) and diameter of rear ARB (x6) are selected as design variables.
Optimization targets consist of understeer gradient (y1), roll gradient of body (y2),
natural frequency (y3), gain at the natural frequency (y4), phase angle (y5), average
of maximum yaw angular velocity (y6), average of maximum steering input (y7),
weight acceleration at driver seat (y8) and weight acceleration at rear seat (y9). In
these optimization targets, y1 and y2 are used to characterize steady-state handling
behavior (steady-state circular driving behavior); y3, y4 and y5 are used to char-
acterize transient handling behavior (lateral transient response test methods); y6

and y7 are used to characterize handling behavior under close-loop driving; y8 and
y9 are used to characterize ride behavior.

During building approximate model, cross-items in basis functions are ignored
to reduce computational complexity, so the final basis functions is as follows.

x ¼ 1; x1; x2; x3; x4; x5; x6; x
2
1; x

2
2; x

2
3; x

2
4; x

2
5; x

2
6; x

3
1; x

3
2; x

3
3; x

3
4; x

3
5; x

3
6

� �

ð12Þ

Value ranges of design variables are 20.86 B x1 B 38.74, 20.86 B x2 B 38.74,
0.7 B x3 B 1.3, 0.7 B x4 B 1.3, 17.15 B x5 B 31.85, 13.65 B x6 B 25.35,
respectively. Each design variable is assigned values in 5 levels according to its
value range. With orthogonal test method, total 25 groups of combinations of
design variables are applied in modeling. The obtained approximate model is

yi ¼ aix
T i ¼ 1; 2; � � � ; 9 ð13Þ
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in which, yi represents the ith optimization target, ai represents coefficient vector of
the ith approximate function:
a1 [0.31939 -0.00561731 -0.0038368 -0.15906 -0.08891 -0.004797 0.0057403

0.00014616 0.00011137 0.14243 0.058794 0.00016756 -0.00039932 -1.2503e-
006 -1.101e-006 -0.041975 -0.01037 -1.907e-006 6.7919e-006];

a2 [3.2451 -0.049515 -0.035417 -1.8219 -1.3331 -0.043132 0.042491
0.0012286 0.00092793 1.6599 0.9779 0.00056947 -0.0028712 -1.0002e-005
-8.1547e-006 -0.49778 -0.21185 -1.9799e-007 4.8531e-005];

a3 [1.5957 -0.082149 0.012024 1.8153 -0.98984 0.023044 -0.0071399
0.0025286 -0.00055291 -1.9725 0.94603 -0.0010393 -3.6706e-005
-2.6125e-005 7.4642e-006 0.69136 -0.2963 1.3418e-005 -6.8172e-006];

a4 [17.686 -0.15199 -0.69133 -23.621 10.034 -0.84785 1.1163 0.0022785
0.022233 23.576 -11.625 0.030958 -0.066074 -1.9742e-006 -0.00023601
-7.652 4.3174 -0.0003876 0.0011815];

a5 [-39.608 3.2753 0.95191 2.5474 32.536 0.64574 0.45407 -0.09916
-0.026484 3.0195 -26.609 -0.02359 0.0041778 0.0009948 0.00024054
-2.4691 7.1654 0.00027519 -0.00016005];

a6 [22.235 -0.12584 -0.05293 -3.9039 0.094503 -0.2252 -0.34285
0.004373 0.0017691 3.9498 -0.097566 0.0085262 0.01733 -5.001e-005
-1.922e-005 -1.3037 0.024691 -0.00010936 -0.0002773];

a7 [126.48 -1.7118 -1.0421 -25.542 -7.8336 -2.1148 -0.80009 0.050153
0.03065 22.086 3.3403 0.086153 0.015408 -0.00048518 -0.00030379
-6.2617 0.13333 -0.0011148 -0.00015276];

a8 [-1.9798 0.027167 0.11113 0.97503 0.0019286 0.063003 0.10054
-0.00075639 -0.003471 -1.1689 -0.067492 -0.002522 -0.0047411
8.136e-006 3.7004e-005 0.46173 0.087407 3.8146e-005 7.6884e-005];

a9 [-2.3712 0.046753 0.11201 1.9216 -0.32951 0.083643 0.10493
-0.0015259 -0.0034472 -2.0751 0.20402 -0.003299 -0.0048236 1.7e-
005 3.7582e-005 0.74222 0.038025 4.6909e-005 7.4727e-005];

4.2 PATC Formulation

Geometric programming problems with polynomials (polynomials with positive
constants) are known to have a unique global optimum. The PAIO problem is
formulated in Eq. (14), and the purpose of solving it is to verify whether the PATC
is capable of reaching the same optimal solution. In Eq. (14), capital letters are
used to represent random variables, while lower cases are kept for deterministic
quantities or realizations of random variables.

Given Tu
i ; T

r
i ; rx1 ; rD; rd; rn; i ¼ 1; . . .; 9

find lx1
; x2; x3; x4; x5; x6; uD; ud; un
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min
X

9

i¼1

ðTu
i � uyiÞ

2 þ
X

9

i¼1

ðTr
i � ryiÞ

2

s:t: Pr gi� 0½ � � ai; i ¼ 1; . . .; 6 ð14Þ

where x1 ¼
Gd4

8D3n
C ¼ D=d K ¼ 4C � 1

4C � 4
þ 0:615

C
fMax ¼

8PMaxD3n

Gd4

20.86 B ux1 B 38.74, 20.86 B x2 B 38.74, 0.7 B x3 B 1.3, 0.7 B x4 B 1.3,
17.15 B x5 B 31.85,
13.65 B x6 B 25.35,3.325 B un B 6.175,70 B uD B 130,7 B ud B 13

g1 ¼
8PCK

pd2
� s½ �; g2 ¼ 4� C; g3 ¼ C � 18; g4 ¼

1:5
C
þ 0:5n� 5:3

g5 ¼ fr � 0:356	 105d=D2n; g6 ¼ nþ 1:5ð Þd � H0 þ fMax� 0

where D is spring diameter; d is spring steel wire diameter; n is spring coil
number; G is shear modulus (=7.9 9 104 Mpa); s½ � is allowable shear stress
(=534 Mpa); C is winding ratio; K is curvature coefficient; P is maximum axial
load (= 7 9 103 N); H0 is free height; fr is load change frequency. The target
values for the mean and the standard deviation of the system response [x1,…,x6]
were Tu

1 ; . . .;Tu
9

� �

¼ 0:095; 0:65; 1:55; 2:43; 36:00; 13:7; 49:6; 1:20; 1:35½ � and

Tr
1 ; . . .Tr

9

� �

¼ 0; 0; 0; 0; 0; 0; 0; 0; 0; 0½ �. We assume that design variables lx1
, uD,

ud, and un are independent and normally distributed with constant standard devi-
ations rx1 ¼ rD ¼ rd ¼ rn ¼ 0:1. The required reliability level a is 99.865 % for
all probabilistic constraints.

We use Sparse Grid Technique (SGT) to evaluate the first two moments of
responses to avoid the influence caused by approximation methods. All probabi-
listic constraints are evaluated by the moment-matching method:

ugi þ krgi � 0 i ¼ 1; . . .; 6 ð15Þ

where k is a constant. Corresponding to the required reliability level set at
99.865 %, k is equal to 3. ugi and rgi are also obtained by Eqs.(10–11). The
probabilistic optimization models for the second elements O0, O1 under the par-
ticular PATC formulation are formulated in Eqs. (16–17), respectively. Note that
since the standard deviation of the random design variables x1, D, d and n are
assumed constant (i.e., cannot be controlled). It is not included as an decision
variable. In general, if we cannot control the standard deviation of a random
response or a linking variable, we are forced to omit the corresponding standard
deviation from the particular moment-matching formulation of Eq. (4).

O0 : Given Tu
i ; Tr

i ; l
L
x1
; rL

x1
i ¼ 1. . .9

find lx1
; rx1 x2; x3; x4; x5; x6; e

ux ; erx
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min
X

9

i¼1

ðTu
i � uyiÞ

2 þ
X

9

i¼1

ðTr
i � ryiÞ

2 þ w1e
ux þ w2e

rx ð16Þ

s:t: lx1
� lL

x1

� �2
� eux

rx1 � rL
x1

� �2
� erx

O1 : Given lU
x1
; rU

x1

find uD, ud, un

min lx1
� lU

x1

� �2
þ rx1 � rU

x1

� �2
ð17Þ

s:t: ugi þ 3rgi � 0 i ¼ 1; . . .; 6

where x1 ¼ Gd4

8D3n

Starting from the top level requires an initial guess of lU
x1
; rU

x1

h i

when solving

O1 for the first time. Starting from the obtained optimal solutions were identical
under both coordination strategies. To be able to get the global optimal solution,
and reduce the number of iterations, at the system level, combinatorial optimi-
zation algorithms, namely simulated annealing algorithm and sequential quadratic
programming algorithm optimization algorithm are used; at the subsystem level,
the sequence of quadratic programming algorithm is used. 246 cycles were used to
reach the convergence for the design variables and the target optimal values.
Tables 1 and 2 show the optimal mean value of the design variable and target,
respectively.

Table 1 The optimal values of design variables

Parameters ux1 (N/
mm)

x2 (N/
mm)

x3 x4 x5

(mm)
x6

(mm)
uD(mm) ud(mm) un(mm)

Initial point 29.8 29.8 1 1 24.5 19.5 120 12.7 5
Optimal

value
21.25 28.02 1.3 0.73 21.38 14.04 108 10.6 4.75

Table 2 The optimal values of targets performance

Target uy1 uy2 uy3 uy4 uy5 uy6 uy7 uy8 uy9

Initial value 0.075 0.3469 0.92 0.834 37.35 15.17 54.90 1.1886 1.4137
Optimal value 0.090 0.517 1.04 1.70 33.77 15.15 57.39 1.100 1.328
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5 Conclusions

The probabilistic Analytical Target Cascading formulation for suspension design
problem is formulated, and sparse Grid technique is adopted to evaluate the first
two moments for reliability constraints estimation. The design problem of a sus-
pension system was formulated as a two-level (suspension level and component
level) optimization problem. At the system level, the stiffness of spring, and
damper rate were considered as stochastic parameters, at the subsystem level, the
material character and geometry size of the spring were described as uncertain
variables. The suspension robust design problem was solved by the proposed
PATC and SGNI. Results show that the enhanced PATC has good effectiveness
and efficiency.
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Design and Simulation of a Novel Wedge
Disc Brake

Junnian Wang, Nannan Yang, Zhe Wang, Yu Yang and Liang Chu

Abstract Though conventional hydraulic disc brake has better braking steadiness,
it also has poor braking efficiency factor. As a fact, the conventional hydraulic disc
brake has no large-scale application to heavy duty vehicle. A novel wedge disc
brake is presented in this paper, which not only has the special characteristic of
self-reinforcement, but also has better braking steadiness just like conventional
disc brake. Firstly, the self-reinforcement principle of this kind of wedge disc
brake is analyzed and concluded. The reasonable angle of wedge block is calcu-
lated and chosen according to the demand of self-reinforcement and unexpected
self-lock phenomena. Based on that, the braking efficiency factor is derived from
the wedge angle and the friction coefficient between the wedge block and brake
disc. After that, the mechanical structure of designed wedge disc brake is pre-
sented, then some material strength of the components are revised. In order to
validate this designed novel wedge disc brake, a AMESim vehicle model with
Simulink wedge disc brake model are built. Several items such as the effect of self-
reinforcement and reset of wedge block are simulated. Simulation results show
that this novel wedge disc brake can generate the same brake force only at nearly
one third multiple hydraulic pressure of conventional disc brake.
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1 Introduction

In the development of automotive technology, vehicle safety gets more and more
attention. As a core component of the vehicle active safety system, the perfor-
mance of brake system has great effect on the vehicle safety. Currently, the service
brake of passenger car is mostly hydraulic disc brake. And the heavy duty truck
also has a tendency to use disc brake. So it is obvious that disc brake is going to be
the main service brake in the near future. While the brake efficiency factor of the
conventional disc brake is relatively lower which restricts the widely use of the
disc brake. Focusing on this problem, this paper presents a novel wedge disc brake
which has much bigger brake efficiency factor.

2 Research Background

The Bosch GmbH has invented a new kind of brake device in which the brake pad
is replaced by a wedge block [1]. Then in the same brake intensity, a smaller
actuator force is needed. While the same actuator force is exerted, a much bigger
brake force will be generated. This brake device adopts electric motor as the
actuator which pushes the wedge block through a ball screw. But the dynamic
response problem generated by the inertia moment of the motor rotor is not dis-
cussed. Because of the widely use of hydraulic system in passenger car nowadays,
the adding of motor will result in high modification cost. And thinking about the
high price of motor, this new kind of brake device is hard to apply to compact low-
cost car. In addition, Bosch only shows us the working principle of the brake
device and its lay out in car, but the physical structure was not discussed.

The eStop GmbH and Siemens AG used to developed a novel electronic wedge
brake (EWB) eBrake� [2]. Several references introduced the basic design [2],
simulation study [3], test process [4], prototype development [5] and application to
ABS/ESP [6] of eBrake. eBrake is designed as one kind of electromechanical
brake (EMB) for electronic parking brake system (EPB). The actuator of earlier
EWB is a double motor system. Under the synergy of the double motor system, the
wedge block is moved along tangential direction through ball screw, and the
extrusion between wedge block and rollers makes positive axial pressure, in hence
the brake works. Then later a new prototype generation with only one motor is
designed [7]. The structure of EWB is complex and it is hard to fix such double
motors in the wheel. Meanwhile, it is extremely necessary to take into account the
high-cost and reliability of double motors.

Emam et al. [8] also designed a electronic wedge brake and the performance of
its prototype is simulated and compared between different structures and control
parameters. The results showed that the lower wedge mass, the bigger caliper
stiffness and reasonable control are better for braking force and operation response
Mando Corporation designed a new electronic wedge brakes that have the feature
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of cross-wedge with optimized volume and use no roller due to its weakness. The
proposed cross wedge mechanism showed good performance and volume metric
by generating sufficient braking force without distortion due to equally distributing
the braking force to pad surfaces and optimistically designed lead screw and worm
gear mechanism [9]. Jongsung Kim invented a single motor electro wedge brake.
Besides the main braking function, the electro wedge brake implements various
additional functions, such as a function for maintaining a set clearance of a pad, a
Fail-Safe function, and an EPB function, by using a solenoid mechanism inter-
locked with a main braking motor [10]. Dong Hwan Shin et al. [11] provided a
simple design review of the wedge profile related to the calliper stiffness, and
design of calliper stiffness for reducing he weight of an electro wedge brake .
Kwangjin Han et al. presented a sliding mode controller for electronic wedge
brake to effectively control its self-energizing effect. The performance of the
proposed controller is verified in simulations and experiments using a prototype
brake [12].

From the above discussion, it is obvious to see the existing self-reinforcement
brakes often utilize electric motors as their actuators which result in high cost, but
the dynamic response problem is not solved. They have complex structure and it is
hard to mount in the wheel due to greater axial length. The brake in present paper
is actuated by hydraulic pressure, has a simple structure and with little size,
reduces the cost of transformation and maintains the fast response. In this paper,
the basic structure and design process is presented firstly, then theoretical rela-
tionship between the wedge angle and the performance of self-reinforcement, self-
lock and thermal decay are introduced. At last, simulation is performed to verify
the effect of self-reinforcement.

3 Basic Principle

The wedge brake in this paper (as seen in Fig. 1) is designed based on conven-
tional hydraulic disc brake in which the activity brake pad is replaced by a wedge
block. Wheel cylinder thrust is applied to the surface which is on the side of the
smaller leg of the triangle, while the wedge block can slide along the caliper inside
surface where rollers are mounted. So under the thrust of the wheel cylinder as
well as the additional kinetic energy of a vehicle from brake disc, the wedge block
will squeeze the brake disc and causes braking torque. Because of the adding of
wedge block, the kinetic energy of a vehicle is transformed into braking power,
that is to say, the equivalent brake efficiency factor becomes bigger than before, in
hence it is self-reinforced.
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4 Structure

The specific structure of the wedge disc brake in this paper is shown in Fig. 2. It is
designed based on traditional hydraulic disc brake, with only brake cylinder
direction altered. The wedge angle is an important parameter which affects the
self-reinforcement and self-lock. Several rollers are used to reduce the friction
between the wedge block and calliper to prevent self-lock.

5 Performance Analysis

Based on the force analysis as shown in Fig. 3, it is easy to get the equation of
force equilibrium:
x F cos aþ Ff 1 ¼ Ff 2 cos aþ N2 sin a;
y F sin aþ N2 cos a ¼ Ff 2 sin aþ N1: And: Ff 1 ¼ l1N1; Ff 2 ¼ l2N2;
Ff 1 Friction between wedge block and brake disc;
Ff 2 Friction between wedge block and calliper;
l1 Frictional factor between wedge block and brake disc;

Fig. 1 Schematic diagram
of the structure of the wedge
brake. 1—caliper; 2—wedge
block; 3, 5—brake pad;
4—brake disc; 6—rollers;
7—sealing rubber ring;
8—cylinder

Fig. 2 Specific structure of
wedge disc brake. 1—brake
caliper mounting bracket;
2—brake caliper; 3,
7—friction plate; 4—brake
disc; 5—brake cylinder;
6—friction limit ring;
8—wedge block; 9—wedge
mechanism;
10—rollers
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l2 Frictional factor between wedge block and wedge mechanism;
F Thrust from wheel cylinder to wedge block;
a wedge angle of wedge block;
N1 Pressure between wedge block and brake disc;
N2 Pressure between wedge block and calliper;

It can be solved from above equations that:

Ff 1 ¼
Fl1

cos aðtan a� l1Þ þ l2 cos aþ l1l2 sin a

Because of the adding of rollers between wedge block and calliper, in this
equation, the value area of l2 is 0.0008-0.0012. Since l2 is too small to effect the
result of the equation, ‘‘l2 cos aþ l1l2 sin a’’ is approximately equal to 0. As a is
comparative smaller, cos a is approximately equal to 1. So the equation above can
be simplified as follows:

Ff 1 ¼
Fl1

tan a� l1

So it can be seen that, the equivalent brake efficiency factor of the wedge disc
brake is:

K 0ef ¼ 2Ff 1

F
¼ 2l1

tan a� l1

As we know, the brake efficiency factor of conventional disc brake is Kef ¼
2l1; so in the condition of the same actuator force, the brake torque generated by
wedge disc brake is 1=ðtan a� l1Þ times bigger. In the present paper, this is named
as reinforcement factor. The relationship curve between reinforcement factor and
wedge angle is shown in Fig. 4. In Fig. 4 it can be seen that when wedge angle
equals to arctan l1; the reinforcement factor changes suddenly, even changes to
negative. At this point, wedge brake may work in bad condition such as getting
lock. So it is required that a[ arctan l1: It also can be seen that if a bigger
reinforcement factor is needed, the value of a should be close to arctan l1.

Ff1

Fn3 

N1 N

F 

Ff2N2 

Ff1

V 

Fig. 3 Force analysis on an
simple wedge disc brake
working status
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Aiming at guarantee that the wedge brake can stop braking when the actuator
force disappears, the condition when actuator force disappears should be taken into
account. The force analysis in this condition is shown in Fig. 5. It is assumed that a
return force T is required to pull back the wedge block, and at this moment the
elastic deformation of wedge block keeps the same as that when wedge brake is
braking, in other words, the pressure N1 and N2 do not change.

It can be got that:

T cos aþ N2 sin a ¼ l1N1 þ l2N2 cos a;

T sin aþ N1 ¼ N2 cos aþ l2N2 sin a:

It can be solved from equations above that:

T ¼ N1 cos aðl1 þ l2 � tan aÞ:

It is already known that l2 is extremely small and l1 is very close to tan a: So
the return force T is extremely small too. Therefore T can be ignored in the
theoretical calculation.
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In the working process of brake, big braking force may result in thermal decay
and wearing happens all the times, and all these conditions lead to the change of
friction factor. So it is necessary to study on the change of brake efficiency factor
when friction factor changes. When all the components of the wedge brake are in
good working condition, reinforcement factor is n1 ¼ 1= tan a� l1ð Þ: while after a
long time of working or when the thermal decay happens, the friction factor
changes to l; reinforcement factor changes to n ¼ 1= tan a� lð Þ: So n=n1 can
reflect the degree of thermal decay, the value is bigger, the thermal decay is
slighter. Figure 6 shows relationship curve between n=n1 and l when a changes.

It can be seen from Fig. 6 that the value of a is smaller, the rate of change of
n=n1 is bigger, that is to say, a big reinforcement factor may cause a notable
thermal decay. To prevent the wedge brake from losing brake capacity when
thermal decay happens, the wedge angle a should be appropriately bigger.

6 Simulation

This present paper utilizes co-simulation of AMESim and Simulink to verify the
performance of this novel hydraulic wedge disc brake. The AMESim vehicle
dynamic model is built in AMESim (shown in Fig. 7) the conventional brake
model is replaced by wedge brake model which is established in the Simulink
(shown in Fig. 8).

In this model, the wedge angle is chosen as 23�. l1 is 0.1, l2 is 0.0001, so it can
be calculated that the reinforcement factor is 3.3373. Given the same target
velocity, two kinds of disc brake will generate the brake torque, then the input
hydraulic pressure of the conventional disc brake should be 3.3373 times of that of
wedge disc brake.
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The result of simulation is shown in Figs. 9 and 10. Figure 9 shows the speeds
of the same vehicle mounted different disc brake. Figure 10 shows the generated
brake torque and applied brake press force. It is easy to see from the simulation
results that two vehicles runs at the same velocity, two kinds of disc brake generate
almost the same brake torque, but the input pressure of the wedge disc brake is
much smaller, about 1/3 of that of conventional disc brake. These simulation
results match the theoretical calculation.

Fig. 7 Vehicle dynamic brake with wedge disc brake

Fig. 8 Mathematical model of wedge disc brake
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7 Conclusion and Out Look

A novel low-cost hydraulic wedge disc brake is presented in this paper. Its
mechanism and design process is introduced. As the most important structure
parameter, wedge angle is calculated according to the its relationship with self-
reinforcement, self-lock performance and thermal decay. Through theoretical
analysis and computer simulation, it is proved that this novel wedge disc brake has
a better self-reinforcement performance than the conventional disc brake. Given
the same hydraulic pressure, the wedge disc brake can generate a bigger brake
torque. While if the same brake torque is wanted, the wedge disc brake needs
much smaller hydraulic pressure. Furthermore, prototype verification test is nee-
ded to conduct in near future.

Fig. 9 Speed of the vehicle.
1—real speed of the vehicle
with wedge disc brake;
2—target speed; 3—real
speed of the vehicle with
conventional disc brake

Fig. 10 Brake torque and
pressure. 1—input hydraulic
pressure of conventional disc
brake; 2—brake torque of
conventional disc brake;
3—input hydraulic pressure
of wedge disc brake; 4—
brake torque of wedge disc
brake
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Research and Application on Dynamic
Stiffness of Leaf Spring

Zhanfu Zhou, Wanfu Guo, Tiejun Shen, Fengdong Wang, Jianhui Ju,
Haiyan Wang and Enzhang Song

Abstract Based on product development and design of light trucks, the paper has
deduced the main factors influencing the dynamic stiffness of the leaf spring
through theoretical programming and optimization of the structure of the leaf
spring; The law of the influence of friction, frequency and amplitude on dynamic
stiffness is explored by means of experiment and finite element analysis; On the
basis of the above research, the matching design of the leaf spring and the shock
absorber has greatly improved vehicle ride comfort.

Keywords Leaf spring � Shock absorber � Dynamic stiffness � Ride comfort �
Finite element analysis

1 Preface

As the elastic component of the suspension system, the leaf spring transfers force
and torque between the wheels and the frame, reducing the impact of the ground
on vehicle body and having an important influence on car handling stability and
comfort. Tests have proved that friction between the springs greatly affects the
dynamic stiffness and vehicle vibration, and the friction produced by relative
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movement between the springs is instable, leading to inconvenient control of the
size of the resistance. Especially on better roads, the dynamic load produced by
uneven pavement is too small to overcome the friction between the leaves,
resulting in a ‘‘lock’’ phenomenon, which will pass impact to the body and damage
ride comfort. In this paper, features of the dynamic stiffness of the leaf spring,
which play important roles in improving the ride comfort of the vehicle, have been
elucidated from the perspectives of structural design, vibration frequency and
sports travel etc.

2 Calculation and Analysis of the Dynamic Stiffness
of the Leaf Spring and Friction Relative Damping Ratio

Generally speaking, when surfaces of the two parts of the mechanical structure
contact and are subjected to dynamic load, joints surface damping or coulomb
friction damping will be generated. Joints damping usually refers to no relative
sliding between the contact surfaces, while coulomb friction damping is generated
by the dry friction energy dissipation of the relatively macroscopic motion
between surfaces. The dissipated energy can be obtained through the analysis and
computing of the area surrounded by friction-displacement hysteretic back line.
Therefore, we can conclude that the damping generated by friction between leaf
spring plates is Coulomb friction damping. From the mechanism of damping we
can know that relative damping ratio n of leaf spring friction is closely related to
the excitation frequency, amplitude, temperature and friction energy loss. If
damping caused by friction between leaf springs is equivalent to speed damping
with a damping coefficient k, then relative damping ratio n of leaf spring friction
can be derived as follows

n ¼ k

2
ffiffiffiffiffiffiffiffi

MC
p ð1Þ

Among them, k ¼ E
2p2fA; A: Amplitude; C: Static stiffness values; M: Mass;

E: friction power; f: Frequency.
The formula of Dynamic Stiffness:

KS ¼
DFr - 2Fc

DS
ð2Þ

Among them, Coulomb friction Fc ¼ E
2DS; Ks: Dynamic stiffness value;

DFr: Load amplitude; DS: Displacement amplitude.
The following formula can be derived from formula (1) and (2)

KS ¼
DFr�ð4p2fAn

ffiffiffiffiffiffiffiffi

MC
p

Þ=DS
DS

ð3Þ
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From formula (3), it is known that the dynamic stiffness of the leaf spring changes
with the frequency, amplitude, friction energy loss. In order to facilitate our analysis,
by assuming the excitation frequency f = 2 Hz and amplitude A = 15 mm, tests
have been conducted on the dynamic stiffness of the leaf spring. Through experi-
mental data and theoretical calculation, data in Table 1 can be deduced.

Through Table 1, we can carry out statistical analysis of the relative damping
ratio of leaf springs of different forms, frequencies, and amplitudes in order to
obtain the related motion characteristics. Its curve is shown below (Figs. 1, 2, 3).

Table 1 Calculation list of relative damping ratio between leaf spring plates

Serial
number

C static
stiffness

Ks dynamic
stiffness

E friction
power

M
mass

Fc Coulomb
friction

DFr load
amplitude

n
damping
ratio

1 14.2 33.5 507.1 356 12.68 41.74 0.057
2 15.2 45.5 853.2 379 21.33 48.28 0.090
3 17.8 55.6 942.3 445 23.56 64.06 0.085
4 21.1 57.0 518.0 527 12.95 88.11 0.039
5 21.4 53.3 301.1 534 7.53 91.62 0.023
6 29.9 104.7 604.1 747 15.10 179.29 0.032
7 32.9 119.0 394.0 823 9.85 218.29 0.019
8 36.6 152.7 712.0 915 17.80 269.89 0.031
9 40.9 190.2 860.1 1022 21.50 337.44 0.034
10 9.4 19.6 415.2 235 10.38 18.53 0.071
11 20.0 74.5 1316.6 500 32.92 83.14 0.106
12 21.5 95.0 1853.8 537 46.34 97.24 0.138
13 23.5 130.6 2830.1 588 70.75 119.62 0.193
14 26.4 131.3 2307.0 660 57.68 147.34 0.140
15 27.1 126.7 1993.2 678 49.83 153.76 0.118
16 29.2 173.7 3264.6 730 81.61 184.25 0.179
17 30.1 182.1 3376.8 754 84.42 195.38 0.180
18 14.2 33.5 507.1 356 12.68 41.74 0.057

Note: the former nine are small leaf springs, while the latter ones are multileaf springs

Fig. 1 Relative damping
ratio of small and multi-leaf
springs
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Thus it can be inferred that:

(1) The dynamic stiffness of leaf spring is greater than the static stiffness. The
greater the amplitude, the closer the dynamic stiffness is to the static stiffness.

(2) In general, the relative damping ratio of the multi-leaf spring is greater than
that of the small leaf spring.

(3) As to the same leaf spring, the higher the frequency, the smaller the relative
damping ratio and the dynamic stiffness; The bigger the amplitude, the smaller
the relatively damping ratio and dynamic stiffness of the leaf spring. The size of
the amplitude exerts great influence on the dynamic stiffness of the leaf spring.

3 Influence of the Structural Design of Leaf Spring
on Dynamic Stiffness

Through the above analysis and study on the dynamic stiffness of leaf spring, we
can know that when the leaf spring is in small-amplitude vibration at high fre-
quency, the damping generated between the plates is very great. Especially

Fig. 2 Relative damping
ratio of the same pair of leaf
springs at different
frequencies

Fig. 3 Relative damping
ratio of the same pair of leaf
springs with different
amplitudes

108 Z. Zhou et al.



between plates of multi-leaf springs, the relative damping ratio ranges from 0.1 to
0.2, close to the damping demand of the vehicle; While in large amplitude
vibration at low frequency, damping between the plates is small, shock absorber is
needed to provide certain damping to meet the need of the vehicle. Therefore,
improvement in vehicle comfort can be achieved by reducing friction between leaf
spring plates and decreasing friction damping generated in small amplitude at high
frequency. Ordinary friction theoretical analysis shows that the dynamic stiffness
of leaf spring is closely related to friction between the spring plates, and through
structure design of the leaf spring friction can be reduced.

As shown in Fig. 4, the sample, subjected to variable pressure F Xð Þ, moves on
a flat plate with a friction coefficient of l. Among them F Xð Þ ¼ axþ b, the
equation for friction work is

W ¼
Z

x1

x0

lFðxÞdx

¼
Z

x1

x0

lðaxþ bÞdx

¼ l
1
2

ax2
1 þ bx1Þ � ð

1
2

ax2
0 þ bx0

� �� �

¼ lðx1 � x0Þ
1
2

aðx1 � x0Þ þ ax0 þ b

� �

¼ l
DF

2
þ Fðx0Þ

� �

Dx

¼ l
DFDx

2
þ lFðx0ÞDx

ð4Þ

From formula (4), it can be inferred that friction work is related to pre-load,
relative displacement, increment of force and friction coefficient. Thus reducing
friction between the plates is one of the effective ways to improve the dynamic
stiffness of leaf spring.

In actual assembly, due to different curvature radius of each piece of leaf
springs, prestressing will be caused. For easy calculation, assuming that the

Fig. 4 Block slippage
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pressure Fðx0Þ ¼ 0, then in the period of loading and unloading, the friction
energy dissipation between plates of the whole spring leaf is:

i i2 FW xµ= ð5Þ

Among them, Fi: Contact pressure at the end of the i and (i ? 1) leaf spring xi:
Relative displacement at the contact point at the end of the i and (i ? 1) leaf
spring.

From the formula (5), we can conclude that the friction work between leaf
spring plates is closely related to the contact stress at the end of the leaf spring. In
order to simplify our analysis, when calculating the friction work of the leaf spring,
we assume the relative displacement between spring plates is a constant. Then only
the positive contact pressure F needs to be calculated. In solving the positive
pressure, we adopt concentrated load calculation method, assuming load at the
main spring eye is Pand force gernerated at the end point of other plates is Xk.
According to the principle of equivalent deformation at the contact point between
adjacent spring plates, we can work out the load at the end of each spring plate.
The model is shown in Fig. 5.

The specific calculation is as follows:

A2Pþ B2X2 þ C2X3 ¼ 0

A3X2 þ B3X3 þ C3X4 ¼ 0

A4X3 þ B4X4 þ C4X5 ¼ 0

hellip;

AnXn�1 þ BnXn ¼ 0

8

>

>

>

>

>

>

<

>

>

>

>

>

>

:

ð6Þ

Among them,

AK ¼ 0:5 IK
IK�1
ð3 lK�1

lK
� 1Þ

BK ¼ �ð1þ IK
IK�1
Þ � gðlK�lKþ1Þ3

l3K

CK ¼ 0:5ðlKþ1
lK
Þ3ð3 lK

lKþ1
� 1Þ

8

>

>

<

>

>

:

P P

Fig. 5 Model of concentrated load calculation method
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When there is no processing at the end of spring plates g ¼ 0:

AK ¼ 0:5 IK
IK�1
ð3 lK�1

lK
� 1Þ

BK ¼ �ð1þ IK
IK�1
Þ

CK ¼ 0:5ðlKþ1
lK
Þ3ð3 lK

lKþ1
� 1Þ

8

>

<

>

:

When the end of the spring plates is trimed, the calculation formula of g and the
coefficient curve when the trimming shape of each spring plate is different are as
follows (Fig. 6)

g ¼ 3
b

3
2
� 1

b
� 1� b

b

� �2

lnð1� bÞ
" #

� 1

b ¼ 1� b1

b

ð7Þ

When the end of the spring plates is rolled, the calculation formula of g and the
coefficient curve when the rolling shape of each spring plate is different are as
follows (Fig. 7)

g ¼ 3
b
½� 1

2
� 1

b
� 1

b2 lnð1� bÞ� � 1

b ¼ 1� h1

h

ð8Þ

Among them, P: Load at the main spring eye, N; l1: Half of the stretched length
of the main spring plate,m; lkþ1: Half of the length of the k þ 1th plate,m; lk: Half
of the length of the kth plate, m; Ii: Moment of inertia of the ith plate, m4; Xk: Load
at the end of kth plate, N.

Through n - 1th power linear equations of Formula 6, we can work out the
value of the load X2; X3. . .. . .Xn at the end of each spring plates. Taking the multi-
leaf spring of light vehicles as an example, the above method is used to calculate
loading conditions at the end of each spring plate with three structures, namely,
spring end rectangular, slimming and rolling, as is shown below.

Fig. 6 Trimming at the end of spring plates
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When the loading force P at the spring eye of the leaf spring in Fig. 8 is 12860 N,
leaf spring end load are given in the following table.

From the analysis in Table 2, we can conclude that it is possible to decrease the
spring end load and cut the friction work between spring plates through trimming
and rolling the end of the leaf spring, yet without changing the static stiffness. A
sharp decrease in pressure, as much as 12 %, has been seen in leaf springs with
rolling ends.

To decrease friction between spring plates, small leaf spring is used instead of
multi-leaf spring on the premise of maintaining the leaf spring stiffness invariable.

Fig. 7 Rolling at the end of spring plates

Fig. 8 Structure of multi-leaf spring

Table 2 Spring end load calculation table

Rectangle end Trimming end Rolling end

LoadNat the end of 3th plate 10,300 10,200 10,000
LoadNat the end of 4th plate 9,940 9,760 9,390
LoadNat the end of 5th plate 9,200 8,840 8,100
LoadNat the end of 6th plate 7,360 6,550 4,920
Sum of pressure N 36,800 35,400 32,400
Static stiffness N=mm 187 186.4 185.7
Pressure reduction ratio – 4 % 12 %
Stiffness reduction ratio – 0.3 % 0.7 %
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Meanwhile, an optimized design has been applied on the structure of leaf spring
eyes and spring ends for the purpose of decreasing the dynamic stiffness of leaf
spring. The concrete structural design is shown in Fig. 9.

4 Bench Test of Leaf Spring Dynamic Stiffness
and Test Analysis of Vehicle Comfort

4.1 Bench Test of Leaf Spring Dynamic Stiffness

Based on the above-mentioned A–E schemes for the leaf-spring bench test, the
change law in leaf-spring dynamic stiffness is verified through variable frequency
and amplitude, shown as follows

Fig. 9 Structure of small leaf spring

Fig. 10 Leaf-spring bench
test
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(1) Test loading is shown in Fig. 10.
(2) Test conditions: The leaf spring clamping stiffness is 183.5 N/mm. It is loaded

and run in at random before the test. Leaf spring displacement is 0 * 30 mm,
frequency is 3 Hz and running-in period is 0.5 h.

(3) Leaf spring force–displacement characteristics: S = � A*sin 2pftð Þ
(4) Experiments of dynamic stiffness on multi-leaf spring A, B and C and small

leaf spring D, E, F, G have been conducted. The test conditions are as follows:
the same frequency and amplitude. The experimental results are as follows
(Figs. 11, 12), (Table 3).

(5) Distribution of dynamic stiffness bench test curves of the same leaf spring at
different frequencies and amplitudes (Fig. 13).

Fig. 11 Dynamic stiffness test curve of A, B, and C multi-leaf springs

Fig. 12 Dynamic stiffness
test curve of D, E, F, G small
leaf springs

Table 3 Test results of leaf spring dynamic stiffness

Multi-leaf spring dynamic stiffness,
N=mm

Small leaf spring dynamic stiffness, N=mm

A-rectangle
end

B-trimming
end

C-rolling
end

D-up spring
eye

E-Flat
spring
eye

F- groove G-shim

485.48 453.5 420.97 258.69 393.89 291.4 244.91
Static stiffness 187 ± 6 N=mm
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4.2 Comfort Test of Vehicles Mounted xith Leaf Springs

Comfort tests have been conducted on vehicles mounted with the above-mentioned
A–F types of leaf springs. The experimental method takes GB4970-1996 Vehicle
comfort random input driving test method as reference. The test results are as
follows (Fig. 14).

4.3 Test Analysis and Conclusions

(1) The dynamic stiffness of leaf spring can be reduced by rolling at the end of
multi-leaf spring; the form of the spring eye and rolling at the end of the leaf
spring have very big effect on dynamic stiffness.

(2) The dynamic stiffness of small leaf spring is 34 % lower than that of the multi-
leaf spring, which plays an important role in improving vehicle ride comfort.

Fig. 13 Dynamic stiffness
bench test curves at different
frequencies and amplitudes

Fig. 14 Different schemes of
vehicle comfort test
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(3) The dynamic stiffness of leaf spring decreases as the amplitude and frequency
increase.

Based on the above experimental and theoretical foundation, given the manu-
facturing cost, process and vehicle comfort, ride comfort can be improved by
adopting D-rollup ear scheme of small leaf spring and C-end rolling plan of multi-
leaf spring.

5 Match Between Leaf Spring and Shock Absorber
Damping Characteristics

Suspension system vibration can be simplified as an undammed free vibration
model with single degree of freedom, as shown in Fig. 15.

The vibration differential equation is:

€xþ k
m

_xþ c
m

x ¼ 0 ð9Þ

Relative damping ratio n ¼ k
2
ffiffiffiffiffiffi

MC
p

When n \ 1, namely in small damping situation, vibration system is no longer
simple harmonic vibration of equal amplitude. With the passage of time, vibration
decreases and eventually disappears, so small damping free vibration is also
known as attenuate vibration. Suspension system belongs to the category of small
damping vibration system. Therefore, as to the suspension system, only situations
in which the relative damping coefficient is less than 1 need to be considered.

Take 1/4 vehicle model as an example, the mean square value of the vertical
acceleration of a vehicle driving on a certain kind of road A and with a speed of V
can be solved:

Fig. 15 Undammed free
vibration model with single
degree of freedom

116 Z. Zhou et al.



Z
2 ¼ 2 � p � A � V 4 � e2 � x2

k þ ð1þ lÞ � x4
0

4 � e � l

¼ 2 � p � A � V � x3
0

Ck

C
nþ 1þ l

4 � l � n

� � ð10Þ

Among them, A: The extent of the road roughness, cm2 m=cycle; V: Speed, m=s;
M: The sprung mass, kg; m: Unsprung mass, kg; Ck: Tire stiffness, kg=m;
x2

0 ¼ C=M; e ¼ K=ð2MÞ; l ¼ M=m; x2
k ¼ Ck=m; C: The stiffness of the spring,

kg=m; K: Shock absorber damping coefficient, kg � s=m.
The typical road A values are recommended in Table 4.
From formula (10), we could infer that only by selecting an appropriate relative

damping ratio n can we get min Z
2
. Therefore, full consideration has been given to

the matching between leaf spring and damping of shock absorber in vehicle
design. According to the above-mentioned motion characteristics of leaf spring
dynamic stiffness, when driving on low frequency and large amplitude rolling
roads or bad roads, the damping of shock absorber needs to be relatively large to
improve the tires’ road adhesion capacity for the friction damping of leaf spring is
relatively small. While when running on better roads with high frequency and
small amplitude, the dynamic load caused by rough road is small. Most of the
vibration caused by ground excitation is filtered out by tires. Besides, the friction
damping of the leaf spring is relatively large, thus demanding a relatively small
damping of the shock absorber so as to improve vehicle ride comfort and ease the
fatigue of the drivers.

The influence of damping in the suspension system on vehicle vibration mainly
depends on relative damping ratio n. Considering simultaneous input of various
frequencies on a random road, taking 0.2–0.45 as the value of n can make the mean
square root value of body acceleration relatively small. By increasing the value of n,
dynamic deflection and vibration of the wheels can be decreased, so can the relative
dynamic load between the wheels and the ground. But improper increment would
lead to the transfer of big impact on the road by the suspension system, even making
it impossible for the wheels to quickly rebound to the ground, thus losing adhesion
and buffering capacity against road excitation; when the value of n is small, the
attenuation ability becomes relatively weak, and the vibration period becomes
longer, which will not facilitate improvement in ride comfort. In addition, the
design rules have been grasped through the analysis of the relative damping ratio n
of suspensions of a dozen or more light vehicles home and abroad at frequency
under no-load conditions, as is shown in Fig. 16:

Table 4 The typical road A
values

Cross-country bad way 1
Ordinary road 0.1
Good road 0.01
Quality road 0.001
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The following conclusions can be drawn from the above:

(1) The relative damping ratio of the front and rear suspensions of light vehicles at
natural frequency is generally controlled at between 0.1 and 0.3.

(2) The relative damping ratio of the front suspension is generally a little higher
than that of the rear suspension.

Based on the damping characteristic test of the light car products, the damping
ratio of the front suspension at frequency under no-load conditions is 0.15 * 0.24
and that of the rear suspension is 0.13 * 0.21, which has met the design
requirements, reached the design level of similar foreign products and improved
the vehicle ride comfort.

6 Conclusion Analysis

With the help of plenty of tests and CAE analysis method, the paper starts from
theoretical calculations and explores the influencing factors and the law of motion
of the dynamic stiffness of the leaf spring from several aspects. The experimental
and simulation results are relatively close to those of actual application. Based on
characteristic analysis of the dynamic stiffness of leaf spring, we’ve mastered the
rules of matching design of the leaf spring and the shock absorber, and acquired
certain means of design pre-evaluation on damping characteristics of the sus-
pension system, which are of guiding significance on improving the vehicle ride
comfort.
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Study and Simulation of Isolation
Performance of Torsional Vibration
of DMF-CS with Centrfugal
Pendulu-Type Absorber

Wei Li, Tieshi Gao, Yongkui Cui, Wanfu Guo and Wenku Shi

Abstract The structure of DMF-CS with centrifugal pendulum-type absorber was
analyzed, and the kinematics differential equation of DMF-CS was set up by using
Lagrange principle. The natural frequency of pendulum was deduced and found
proportional with the rotate speed of the second flywheel. With this characteristic,
the torsional vibration from engine fire frequency can be absolutely eliminated
theoretically by appropriately adjusting the structural parameters of the centrifugal
pendulum. Further more, the isolation of the pendulum with the other lower
frequencies vibration of engine was studied and the rule of vibration isolation was
summarized. At last, virtual prototype technology was used to build the model of a
domestic car drive-train torsional vibration and simulate the isolation performance
of the absorber. It is found the simulation result is in accordance with the
theoretical analysis.

Keywords Dual mass flywheel (DMF) � DMF-CS with centrifugal pendulum-
type absorber � Natural frequency � Vibration isolation � Simulation analyses
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1 Preface

The torsional vibration of DMF-CS with spiral spring-type absorber which was
developed by German LUK company in 1989 and was constantly improved later on
is the most typical DMF-CS in the world currently. The DMF-CS absorber with
bigger rotation angle (generally more than 45) can well solve the problem of
achieving lower damper torsional stiffness in limited design space, and its excel-
lent vibration isolation performance has been proved by plenty of test studies and
practical application, and also reported by lots of literatures [1–4]. With the wide-
spread use of high power engine and the increasingly higher requirements for ride
comfort, the better performance of torsional vibration absorber is asked for [5, 6].
DMF-CS with centrifugal pendulum-type absorber was developed to meet this need.

The centrifugal pendulum-type absorber had been existed for decades and
widely used in the aviation field. But so far, as the limitations of installation space
for the pendulum and the complexity of the engine running conditions, the cen-
trifugal pendulum-type absorber applied to automotive industry was limited [7]. In
2008, LUK found another feasible way to combine centrifugal pendulum-type
absorber and transmission system—forming DMF-CS with centrifugal pendulum-
type absorber by combining centrifugal pendulum-type absorber and DMF-CS
into one. The DMF-CS absorber can attenuate the vibration of all-order excitations
of the engine; and the centrifugal pendulum-type absorber not only can selec-
tively absorb the vibration of all frequencies of engine through appropriate
adjustments, but also can prevent the transmission of torsional vibration to achieve
the best ride comfort, even in the case of high-torque engine. The birth of DMF-
CS with centrifugal pendulum-type absorber was known as another milestone after
the DMF-CS absorber in the history of the development of Dual Mass Flywheel.
Now the first batch of the absorber has been produced for a world famous motor
company [7].

2 Analysis of the Structure of DMF-CS
with Centrifugal Pendulum-Type Absorber

There are two structural alternatives with DMF-CS with centrifugal pendulum-type
absorber: one is the centrifugal pendulum installed in the first flywheel, the other is
the centrifugal pendulum installed in the second flywheel, as shown in Fig. 1 [8].
When the centrifugal pendulum is mounted on the first flywheel, it can play an
inhibitory effect on the excitation in the engine accessories at the same time, but
more quality (3–5 kg) is required and more space is occupied, which is the main
reason for hindering the centrifugal pendulum on the vehicle applications. When the
centrifugal pendulum is mounted on the second flywheel, it cannot play an inhibitory
effect on the excitations in the engine accessories. However, it can put the quality
down to about 1 kg, which makes it possible for setting the centrifugal pendulum in
the limited space.
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The DMF-CS with centrifugal pendulum-type absorber produced by the LUK
company is shown in Fig. 2, whose basic structure is identical with the structure of
common DMF-CS absorber which consists of the first and second flywheel
assembly and the spring-damper in between. The number of centrifugal pendulum
is usually four, each is composed of two fan-shaped sheet metals of same shape by
riveting. Centrifugal pendulum is arranged on the force transmission plate evenly,
which is connected with the second flywheel. In this case, the centrifugal pen-
dulum equals to be mounted on the second flywheel. The force transmission plate
and the centrifugal pendulum are respectively provided with two arc slides. The
centrifugal pendulum is connected with the force transmission plate actively
through the roller body which diameter is slightly less than the diameter of the arc
slide, as shown in Fig. 3. The main role of arc chute is guiding and limiting the
centrifugal pendulum, which will prevent bigger impact on the flywheel in the case
of sudden changes in speed such as starting or turning off the vehicle.

centrifugal pendulum

centrifugal pendulum

DMF-CS absorbor
clutch

DMF-CS absorbor

engine

the centrifugal pendulum installed in the second flywheel

the centrifugal pendulum installed in the first flywheel

clutchengine

(a)

(b)

Fig. 1 Two kinds of
structure schematic drawing
of DMF-CS with centrifugal
pendulum-type absorber

centrifugal pendulum
rolling body

the first flywheel

arc spring
the second flywheel

force transmission plateFig. 2 DMF-CS with
centrifugal pendulum-type
absorber
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When the absorber runs smoothly, the relative relationship between the cen-
trifugal pendulum and the force transmission plate shown in Fig. 3; When the
speed fluctuates, angle between the centrifugal pendulum and the force trans-
mission plate appears difference. Rolling body has a reciprocating motion along
the arc slide under the action of ‘‘drag and drop’’ by centrifugal pendulum until the
speed of the centrifugal pendulum is equal to the speed of force transmission plate,
so as to realize the vibration damping. The system assembled by the centrifugal
pendulum and the force transmission plate is essentially a hanging pendulum
absorber shown in Fig. 4a. The institutions shown in Fig. 4b is in accordance with
the hanging pendulum absorber, it is imaginary that a massless rod connects to the
pendulum of mass m in the middle cc0, point c0 swing relative to point c. r is the
distance between suspension point of the centrifugal pendulum (a, b) to axis of
rotation of the flywheel (o), as shown in Figs. 3 and 4. D1 is the diameter within
the arc of the force transmission plate, D2is the diameter within the arc of the slide
of the centrifugal pendulum, d is the diameter of the roller body. Pendulum length
can be expressed as l ¼ D1=2þ D2=2� d.

3 Study of the Isolation Performance of Centrifugal
Pendululum Absorber

If centrifugal pendulum centroid position point pand point c0 coincide, it can be
further simplified as the model shown in Fig. 5. When the second flywheel makes
constant turning motion at a speed of x, centrifugal pendulum is adjust in oc of

r

l

d

o

1D

2D

rolling bodyarc slideFig. 3 Connection form
figure of centrifugal
pendulum

r

o

b

b′a′

a

c′

c

p

l

(a) (b)Fig. 4 a Hanging pendulum
absorber. b Equivalent
institution of hanging
pendulum absorber

124 W. Li et al.



radial extension cord, and the system is in a stable operation condition. Engine
output torque is always fluctuant, so the disturbing torque from the first flywheel is
transferred to the second flywheel after DMF-CS absorber, and vibration ampli-
tude is reduced but minor fluctuations of the second flywheel can still be caused, at
this time the vibration angular of the centrifugal pendulum is /, the corresponding

velocity of the second flywheel is _h.

3.1 Establishment of Kinematics Differential Equation

In order to facilitate the deduction of formula, research the vibration problems in the
operation process of centrifugal pendulum and the second flywheel without con-
sidering the influence of friction torque and gravity at the connection point c. Sup-
pose that the rotational inertia of the second flywheel assembly is J, kinetic energy is

TJ ¼ 1
2 J _h2. The mass of the centrifugal pendulum is m, the coordinates x, y are

respectively

x ¼ r cos hþ l cosð/þ hÞ
y ¼ r sin hþ l sinð/þ hÞ

)

ð1Þ

So

_x ¼ �r sin h � _h� l sinð/þ hÞ � ð _/þ _hÞ
_y ¼ r cos h � _hþ l cosð/þ hÞ � ð _/þ _hÞ

)

Therefore, the synthesis velocity of particle m can be expressed by

r

o

m

φ

Y

θ
X

l

c

Fig. 5 Principle diagram of
centrifugal pendulum-type
absorber
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v2 ¼ _x2 þ _y2

¼ r2 _h2 þ 2rl _hð _/þ _hÞ cos /þ l2ð _/þ _hÞ2

The total kinetic energy of centrifugal pendulum and the second flywheel is
obtained as

T ¼ 1
2

J _h2 þ 1
2

mm2 ð2Þ

Substituting Eq. (2) into Lagrange equation

d

dt
ðoT

o _q
Þ � oT

oq
¼ Mq

Where q is generalized coordinate /; h, the result as follows

mrl€h cos /� mrl _h _/ sin /þ ml2ð€/þ €hÞ
þmrl _hð _/þ _hÞ sin / ¼ 0

ð3Þ

J€hþ mðr þ lÞ2€hþ mlðr þ lÞ€/� mrlð _/þ 2 _hÞ _// ¼ 0 ð4Þ

Due to the small angular cos / � 1, sin / � /, the final part of Eq. (4)

mrlð _/þ 2 _hÞ _// can be ignored for small vibration, kinematics differential equations
of centrifugal pendulum can be respectively received by simplifying Eqs. (3, 4)

lð€/þ €hÞ þ r€hþ r _h2/ ¼ 0 ð5Þ

The kinematics differential equation of the second flywheel assembly is
obtained as

J€hþ mðr þ lÞ2€hþ mlðr þ lÞ€/ ¼ 0 ð6Þ

In most cases, centrifugal pendulum centroid position point p cannot coincide
with point c0. Suppose that the distance between p and c0 is e, centrifugal pendulum
is simplified as the model shown in Fig. 6 and the centroid coordinate of cen-
trifugal pendulum is as follows

x ¼ r cos hþ l cosð/þ hÞ þ e cos h

y ¼ r sin hþ l sinð/þ hÞ þ e sin h

)

ð7Þ

Repeat the above calculation process, kinematics differential equation of cen-
trifugal pendulum and the second flywheel can be obtained as respectively

lð€/þ €hÞ þ ðr þ eÞ€hþ ðr þ eÞ _h2/ ¼ 0 ð8Þ

J€hþ mðr þ eþ lÞ2€hþ mlðr þ eþ lÞ€/ ¼ 0 ð9Þ
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Suppose that e ¼ 0, Eqs. (8, 9) equal to (5, 6). This proves the case that centroid
and connection point coincide is special.

3.2 Calculation of Natural Frequency

Assuming J0 ¼ J þ mðr þ eþ lÞ2, we can receive the following equation by

cancellation €h with Eqs. (8, 9)

J

J0

€/þ ðr þ eÞx2

l
/ ¼ 0

From the above equation, it is shown that centrifugal pendulum (angular /)
does harmonic motion, and the circular frequencies is

p ¼ x

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

ðr þ eÞJ0

lJ

r

ð10Þ

From Eq. (10), it can be found that natural frequency of centrifugal pendulum-
type absorber is not constant, and its frequency pis proportional to the angular
velocity x of the second flywheel assembly in the stable operation, which lays a
theoretical foundation for the design of DMF-CS with centrifugal pendulum-type
absorber [9, 10].
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Fig. 6 Principle diagram of
centrifugal pendulum
absorber
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3.3 Study of the Principle of Vibration Isolation
of Centrifugal Pendulum

Assuming that the disturbing torque of the second flywheel assembly is A sinðcxtÞ,
the kinematics differential equation of this system can be directly rewritten by
Eqs. (8) and (9) as follows

ðr þ eþ lÞ€hþ l€/þ ðr þ eÞ _h2/ ¼ 0

J0
€hþ mlðr þ eþ lÞ€/ ¼ A sinðcxtÞ

)

ð11Þ

We can get the special solutions of representative steady-state forced vibration
by Eq. (11) as follows

h ¼ C sinðcxtÞ
/ ¼ B sinðcxtÞ

)

ð12Þ

Substituting Eq. (12) into Eq. (11), the amplitude B and C can be obtained, then
return them back to Eq. (12), the steady-state solution of forced vibrations is gotten
as follows

h ¼ � A sinðcxtÞ

c2x2J0 1� mðrþeþlÞ2
J0ð1�rþe

c2 l
Þ

� �

/ ¼ Aðr þ eþ lÞ sinðcxtÞ

c2x2J0lð1� rþe
c2l Þ 1� mðrþeþlÞ2

J0 1�rþe
c2 l

� �

8

<

:

9

=

;

9

>

>

>

>

>

>

>

>

>

=

>

>

>

>

>

>

>

>

>

;

ð13Þ

To illustrate the role of centrifugal pendulum, motion equation of the second
flywheel assembly which has the same disturbing torque without installing cen-
trifugal pendulum, can be expressed as follows

J€h ¼ A sinðcxtÞ

The steady-state solution of the above equation is

h ¼ �A sinðcxtÞ
Jc2x2

ð14Þ

By comparing the first formula of Eqs. (14) and (13), we can draw the con-
clusion that the role of the centrifugal pendulum is equivalent to increase the
rotational inertia of the second flywheel assembly. The increased rotational inertia
can be calculated as follows
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DJ ¼ J0 1� mðr þ eþ lÞ2

J0ð1� rþe
c2l Þ

( )

� J ¼ mðr þ eþ lÞ2

1� c2l
rþe

ð15Þ

According to Eq. (15), when design, if selected

c2 ¼ r þ e

l
ð16Þ

We can get DJ !1, the role of centrifugal pendulum is similar to a great
rotational inertia of the flywheel. In this case, the second flywheel stable operation
will be not affected by disturbing torque theoretically. And centrifugal pendulum

still does harmonic motion. Substituting €h ¼ 0 into Eq. (11) can be obtained as
directly

/ ¼ � A sinðcxtÞ
mlðr þ eþ lÞc2x2

ð17Þ

It can be seen that the direction of centrifugal pendulum’s angular / and

disturbing torque is always opposite, and ml€/ðr þ eþ lÞ ¼ A sinðcxtÞ, which
makes that the vibration of centrifugal pendulum and the disturbing torque just
cancel out.

For four-stroke four-cylinder engine is concerned, the most primary incentive is
the second order. Six-cylinder engine, the third order is the most primary incen-
tive. According to the above characteristics analysis of the centrifugal pendulum,
if the ratio of sum of DMF-CS with centrifugal pendulum-type absorber’s
swinging radius and centroid slant distance (r þ e) and pendulum length l equals to
the square of the main incentive order (rþe

l ¼ 22 or rþe
l ¼ 32), it can eliminate the

most primary order excitation of engine theoretically, greatly improving the
vibration isolation performance of DMF-CS absorber.

4 Analysis of Influencing Factors of the Performance
of Vibration Isolation

From the above analysis, the role of the centrifugal pendulum is equivalent to
increase the inertia of the second flywheel assembly, the increase of inertia (DJ) is
closely related to the structure parameters (r, e, l), the quality of pendulum(m) and
the disturbance incentive-order (c). Under the condition of speed x, the centrifugal
force Fc ¼ mðr þ eþ lÞx2 is provided by the rolling body for the pendulum, when
the centrifugal pendulum and the force transmission plate move relative to each
other, the rolling body exists friction torque, and the greater the speed x, the
greater the friction torque. In the derivation of the performance of vibration iso-
lation without considering the influence of friction torque, rolling body wear after
use, manufacturing precision and many other factors, so satisfying Eq. (16) that
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can thoroughly eliminate the influence of disturbance incentive is just an ideal
state. In engineering practice, because of the complex operation conditions and
more disturbance incentive -order whether the diesel engine or gasoline engine, the
shock absorber can’t completely isolate the torsional vibration of the transmission.
However, DMF-CS with centrifugal pendulum-type absorber, shown in Fig. 2, can
still make that the torsional vibration of the transmission was reduced by 60 % [7].

From the formula (15), in order to ensure enough increments of the rotational
inertia, the quality of centrifugal m is required big enough. But the limitation of
space and structure layout doesn’t allow m too big. Because of the complex
operating conditions, the rolling body not only provides centrifugal force for the
pendulum, but also bears the impact of pendulum when vehicles start, shift and
emergency brake, this requires that the rolling cylinder has strong abrasion
resistance and enough strength, which is a more critical component to DMF-CS
with centrifugal pendulum-type absorber.

5 Simulation of Performance of Vibration Isolation Based
on the Virtual Prototype Technology

The vibration isolation model of the transmission system on different degrees of
freedom was built utilizing the virtual prototype technology, the idling condition
shown in Fig. 7. According to the Fourier, the frequencies of engine can be
expressed as

T ¼ T0 þ
X

Tn sinðnxt þ unÞ

As the amplitude of the high-order harmonic disturbing torque is small, the
influence of low-order (such as n ¼ 1=2; 1; 2; 4; 6; 8; 10 and so on) can be just
considered. For the disturbing torque of engine at different order, simulations of
DMF-CS with centrifugal pendulum-type absorber were done, the result shown in
Fig. 8. In Fig. 8a–g respectively represent the results of simulations, just as n ¼
1=2; 1; 2; 4; 6; 8; 10 and so on, and the result of the simulation of all the low-orders
shown in Fig. 8h.

the first flywheel
the second flywheel

centrifugal pendulum

Fig. 7 The transmission idle
model based on the virtual
prototype technology
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From Fig. 8, we can come to the conclusion

(1) When incentive order n ¼ 2, based on the effect of the centrifugal pendulum-
type absorber, the speed of the second flywheel is basically unchanged and the
amplitude of the disturbing torque of the centrifugal pendulum-type absorber
is large. The simulation results and theory analysis are consistent.

(2) When incentive order n [ 2, the amplitudes of the speed fluctuation of the
second flywheel and the centrifugal pendulum are small, especially when
n� 8, the amplitudes of angular velocity fluctuation is almost zero. This
damper can effectively weaken the vibration at high-order, which is same with
normal DMF-CS.

Simulation of each order incentive work Simulation of 1/2 order incentive

Simulation of 8 order incentiveSimulation of 6 order incentive

Simulation of 4 order incentiveSimulation of 2 order incentive

Simulation of 1 order incentiveSimulation of 1/2 order incentive(a) (b)

(c) (d)

(e) (f)

(g) (h)

Fig. 8 Simulation of all the low-orders
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(3) When incentive order n\2, the effect of this damper on vibration isolation is
not obvious, even when n ¼ 1=2, the speed fluctuation of the second flywheel
is larger than the first flywheel. Because when the idle speed is 900 rpm, the
engine frequency is 15 Hz as n ¼ 1=2, and the two order natural frequency of
the transmission system is 11.6 Hz, which is the resonance time, so the effect
of this damper on vibration isolation is poor.

Due to the result that the amplitude when n ¼ 1=2 is far less than the amplitude
of ignition frequency (when n ¼ 2), even though the effect on vibration isolation is
not ideal in this order, but it also can effectively weaken the disturbing torque by
engine vibration (as Fig. 8h shown). The LUK Company did a lot of experiments
for this damper, and the results show that it can reduce 60 % of the vibration of the
transmission system [1].

Similarly, the model of the driving condition can be built and simulated, the
result will be similar to the idling condition.

6 Results

(1) In the paper, the mathematical model of the DMF-CS with centrifugal pen-
dulum-type absorber was built and the differential equations were established.
Utilizing the characteristics that the natural frequency of pendulum is pro-
portional to the rotate speed of DMF-CS, the relation between parameters of
DMF-CS with centrifugal pendulum-type absorber and the frequencies of
engine was found.

(2) The inertia moment in reverse of pendulum was counteracted to the disturbing
torque of engine at ignition frequency by adjusting the parameters of
pendulum.

(3) Based on the virtual prototype technology, the model of power train which
included the DMF-CS with centrifugal pendulum-type absorber was built, and
simulation was done under different effect of engine. The simulation results
and theory analysis are consistent, which validates the analysis and the method
of modeling of the DMF-CS with centrifugal pendulum-type absorber.
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Model-Based Recursive Least Square
Algorithm for Estimation of Brake
Pressure and Road Friction

Nenggen Ding and Xiaofei Zhan

Abstract A recursive least square algorithm for estimation of brake cylinder
pressure and road surface coefficients of adhesion using wheel speeds and control
inputs for the hydraulic unit is proposed. It is intended for providing useful
information for anti-lock brake systems (ABS) to improve the performance of
control logic and diagnostic function. Based on the brake pressure model and
wheel/vehicle dynamics, the errors between estimated wheel angular acceleration
and its actual value according to the measured wheel speeds are minimized.
Longitudinal load transfer is considered for calculation of tire normal forces based
on the estimated deceleration according to the vehicle reference speeds from the
ABS control logic. The proposed algorithm is evaluated using ABS simulation
data under various braking conditions on a hardware-in-the-loop (HIL) test rig.

Keywords Brake pressure estimation � Road friction estimation � Recursive least
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1 Introduction

The performance of ABS relies on not only control logic itself, but also the infor-
mation of road surface coefficient of adhesion and sometimes brake cylinder pres-
sure. Both estimated road surface coefficient of adhesion and brake pressure are
beneficial for determination of the control threshold and fault diagnosis of ABS.

As pointed out by Kevin Austin O’Dea [1], estimation of the difference in
pressure across hydraulic valves can improve control of these valves and ulti-
mately the performance of ABS. Mauer et al. [2], discussed means to adapt the
braking pressure to variation of road conditions by analyzing the relation between
brake torque and slip ratio in real time by the fuzzy logic controller. However, one
drawback of the scheme is using of pressure sensors.

In recent years, Hassan Ali Shraim [3] identified and estimated tires longitudinal
forces, vehicle side slip angle and velocity using sliding modes (SM) observers.
Longitudinal forces are identified using high-order SM observers. Tire force esti-
mation algorithms are also proposed for vehicle dynamic stability control (DSC)
system to prevent the vehicle from deviation of the normal dynamics attitude and
realize the improved dynamics stability in limited driving conditions [4].

A recursive least square algorithm for estimation of brake cylinder pressure and
road surface coefficients of adhesion using wheel speeds and control inputs for the
hydraulic unit is proposed It is evaluated using ABS simulation data under a few
braking conditions on a HIL test rig. Comparison between estimated results and
their actual values shows that the proposed algorithm is valid for most ABS-
activated situations and will be useful in enhancement of ABS control logic and its
fault diagnosis.

2 Vehicle Model

A. Brake pressure model

For a vehicle with ABS, the brake pressure is modulated by the electromagnetic
valves and a motor within the hydraulic unit. There are three basic pressure reg-
ulating states, i.e. pressure apply, pressure hold, and pressure release.

During a process of pressure apply, pressure of wheel cylinder, Pw; is governed
by the following formula [5]

PwðtÞ ¼ Pm � ðPm � Pw0Þ/ inc � Kinc/incðt � t0Þ
h i 1

/ inc ð1Þ

Where Pw0 is the pressure of wheel brake cylinder at time t0; Pm the pressure of
master brake cylinder, and Kinc and /inc coefficients determined according to the
pressure response characteristics of the hydraulic module and brake system used.

Similarly, during a process of pressure release, Pw is governed by
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PwðtÞ ¼ ðPw0 � PaÞ/ dec � Kdec/decðt � t0Þ
h i 1

/ decþPa ð2Þ

Where Pa is pressure of accumulator in the hydraulic module, and Kdec and /dec

are similar coefficients.

B. Wheel dynamics

Wheel rotational motion is governed by the following equation

Iwe ¼ lx � Fz � R� CP � Pw ð3Þ

Where e is wheel angular acceleration, Iw wheel rotational inertia, CP brake
torque gain, R wheel static radius and Fzthe tire normal force. Fz has a relationship
with braking level Z, defined as vehicle deceleration divided by the gravity
acceleration. Considering the longitudinal load transfer during braking operation,
yield

Fz ¼ Fzs �
1
2

mzghg=L ð4Þ

Where Fzs is static tire normal force, and signs ‘‘+’’ and ‘‘-’’ on the right side
are suitable for front wheels and rear wheels, respectively.

C. Tire longitudinal forces and vehicle longitudinal model

As for longitudinal tire/road friction coefficient, a simple, velocity-independent
three-parameter model proposed by Burckhardt [6] is used, i.e.

lx ¼ c1ð1� e�c2sÞ � c3s

s ¼ ŝ ¼ 1� xwR

V̂

ð5Þ

Where s is tire longitudinal slip ratio, s 2 ½0; 1�; lx longitudinal friction
coefficient of tire, c1; c2; and c3 road constants, and xw wheel angular speed.

Shown in Fig. 1 are various l–s tire/road friction profiles, taken from [7]
(Harned et al.) and [6] (Canudas-de-wit et al.). For state estimation using Eq. (5),
tire/road friction characteristics can be represented only by its peak value, which is
restricted between those of dry asphalt and glare ice. With a given peak value for a
specific road, the corresponding coefficients ci’s can be determined using Eq. (6)

n ¼ lp � 0:044
� �

= 0:93� 0:044ð Þ
c1 ¼ 1� nð Þ � 0:0471þ n� 0:958

c2 ¼ 1� nð Þ � 23:9þ n� 28:1

c3 ¼ 1� nð Þ � 0:0125þ n� 0:117

ð6Þ

Where lp is peak value of longitudinal friction coefficient of tire. The longi-
tudinal motion of the vehicle is governed by the following equations

Model-Based Recursive Least Square Algorithm 139



mD ¼ Fbfl þ Fbfr þ Fbrl þ Fbrr ð7Þ

Fbij ¼ lxijFzij; i ¼ f; r & j ¼ l; r ð8Þ

Where m is total vehicle mass, D vehicle deceleration, and Fb brake force. Note
that a rear tire has the same peak value of longitudinal tire/road friction coefficient
as the front tire on the same wheel track with a delay for travel of wheel base.

Road braking forces can be determined from Eq. (3) as

lx � Fz ¼
Iwe� CP � Pw

R
ð9Þ

Substituting Eq. (9) first into (8) and finally into (7), yield

CPf ðPwfl þ PwfrÞ þ CPrðPwrl þ PwrrÞ
R

¼ mD� Iwf ðefl þ eflÞ þ Iwrðerl þ errÞ
R

ð10Þ

Divide Eq. (10) by vehicle gross weight, mg; then

g ¼ z� Iwf ðefl þ eflÞ þ Iwrðerl þ errÞ
mgR

ð11Þ

Where g is called ‘‘BRAKE FORCE LEVEL’’, which is defined as

g :¼
CPf Pwfl þ Pwfr

� �

þ CPr Pwrl þ Pwrrð Þ
mgR

ð12Þ

3 Estimation Algorithm

Define wheel brake force level as

gij :¼ CPiPwij

mgR
; i ¼ f; r; & j ¼ l; r ð13Þ

Fig. 1 Burckhardt tire model
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The coupling property of Eq. (10) or (11) indicates that brake pressure and
angular acceleration of the four wheels are correlated by vehicle deceleration or
vehicle brake level. For the purpose of formulating estimation algorithm for each
individual wheel, the pseudo-measurement of brake force level gmfrom Eq. (11) is
apportioned to the four wheels proportionally to their vertical loads. Thus, the
wheel brake force level has its pseudo-measurement value as follows

gfl ¼ gfr ¼
bþ hgẑ

2L
gm; grl ¼ grr ¼

a� hgẑ

2L
gm ð14Þ

where hg is height of vehicle’s center of gravity, and L wheel base.
To minimize computation work, only brake pressure is estimated for the rear

wheels. As for front wheels, both tire/road friction and brake pressure are esti-
mated. This strategy allows rear wheels utilize tire/road friction information of the
front wheels.

For a rear wheel, the estimation architecture is

hk ¼ P0rj

� �

k
xk ¼ lxrjFzrjR� Iwrerj; j ¼ l; r

ek ¼ xk � CPrPrj

P̂0rjð Þk�1

ĥk

ð15Þ

And for the front wheels, the estimation architecture after normalization of
output vector is

hk ¼ lpj P0fj

� �

T
k

xk ¼
Iwfefj

FzsfR
w � gfj

� ��1

k

ek ¼ xk �

Fzf

Fzsf

lxfj

l̂pj
� CPfPfj

FzsfRP̂0pfj

0
w � CPfPfj

mgRP̂0pfj

2

6

6

6

4

3

7

7

7

5

k�1

ĥk; j ¼ l; ra ð16Þ

where w is the relative weight for wheel brake force level.
As given with detailed derivation in [8], parameters can be estimated using RLS

method to minimize the index as follows

ĥk ¼ ĥk þ Fkþ1BT xkþ1 � Bĥk

� 	

Fkþ1 ¼
1
k

Fk � FkBT kI þ BFkBT
� ��1

BFk

h i

ĥk ¼ h0; F1 ¼ rI

ð17Þ

It is reasonable to assume that whas a small value when the vehicle or wheel
dynamics is in a transient state and vise verse. For example, when road friction
changes suddenly or the wheel has a large slip rate, pseudo-measurement of wheel
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brake force level has a low credibility due to inaccurate estimate of braking level
and longitudinal load transfer.

The accuracy of estimation highly depends on that of vehicle reference speed.
From Fig. 1, it can be seen that at small slip ratios, both estimated slip rate and
longitudinal force are more sensitive to these values. However, in the case of large
slip, they will still have considerably high accuracy even if vehicle reference speed
is misestimated, more or less. Thus the RLS algorithms Eq. (17) for individual
wheel parameter estimation based on architecture in Eq. (15 and 16) are used only
at large slip rates, combined with estimation using only brake pressure model at
low slip rates. This modification is shown in Fig. 2.

4 Evaluation of the Algorithm

The algorithm for individual wheel parameters is evaluated using HIL simulation
data. Braking conditions of the test are typically l-jump, and l-split road surfaces,
and road friction coefficients are set to be 0.8 and 0.3 for high-l and low-l wheel
tracks, respectively. A typical scenario of HIL simulation is shown in Fig. 3.

The initial brake pressure is assumed to be 3 MPa for four wheels, and the
initial peak value of road friction coefficient is assumed 0.8.

For acquistion of required data from ABS tests, wheel speeds and brake cyl-
inder pressure are measured and these data are sent to a personal computer from

Fig. 2 A brief flow chart of
estimation architecture

Fig. 3 A scenario of HIL
simulation for braking on
l-split road surface
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ABS ECU via serial port communication. The ECU also sends pressure regulating
states to the computer. The measured pressure is used only for evaluation of
estimation algorithms, and does not take part in the estimation process.

Test and estimated data are shown in Figs. 4 and 5. Comparison of mea-
sured and estimated data in figures shows that the estimated pressure in l-jump,
and l-split cases coincides quite well with measured pressure except during the
beginning phase after ABS is activated. This is due to the fact that brake pressure
information is not available about at the beginning of the brake event. Often, the
pressure is underestimated on the second half of the maneuvers, though the esti-
mated results are generally satisfactory on the first half.

The estimated tire/road friction of coefficient is generally acceptable.
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5 Conclusion

A model-based recursive least square algorithm for estimation of brake cylinder
pressure and road surface coefficient of adhesion using wheel speeds and control
inputs for the hydraulic unit is proposed. Estimated results according to ABS HIL
simulation data show that the strategy of estimation is valid and successful without
using additional sensors.
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Preview Ride Comfort Control
for Electric Active Suspension

Haruhiko Sugai, Shuuichi Buma, Ryo Kanda, Kenshiro Yoshioka
and Masaaki Hasegawa

Abstract A preview control that acts in accordance with the road surface profile
in front of the vehicle has been proposed as a way to enhance ride comfort.
Although the effectiveness of this control has been verified, many issues remain to
be resolved, including improving the road surface profile estimation accuracy
while the vehicle is in motion. Consequently, as a way of enhancing the comfort of
the vehicle and reducing energy consumption, this development aimed to construct
preview ride comfort control logic capable of estimating road surface displacement
more accurately. To improve estimation accuracy, this paper proposes a method of
estimating the road surface displacement in front of the vehicle using preview
sensors and the body displacement estimated using a full-order observer. It
describes sky-hook control logic that performs feed-forward of control amounts
proportionally to the lateral road surface displacement. The ride comfort perfor-
mance in the roll direction and the energy-saving effect of this control was verified
using a 4-wheel shaker and in actual driving tests. It was confirmed that the
developed control estimates road surface displacement more accurately than the
previous control, thereby improving ride comfort at low-frequencies and reducing
energy consumption. The result is a more feasible preview control system that has
made progress toward the aim of practical application.
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1 Introduction

Several examples of active suspension systems that aim to enhance both the ride
comfort and stability of the vehicle have already been developed and practically
adopted [1, 2]. At the same time, various reports have examined control laws for
ride comfort using these systems [3] and control laws for correcting actuator
response delays [4, 5].

Previous reports have verified the performance of sky-hook controls adopted in
electric active suspension systems, such as one that performs feed-back of control
amounts proportionally to the roll angular velocity of the body and one that
performs feed-forward of control amounts proportionally to the lateral road surface
displacement [6, 7].

Furthermore, a study has also verified the effectiveness of a preview control that
calculates control amounts based on road surface information in front of the
vehicle as a means of compensating for actuator delays and the like [8, 9].

This paper describes an overview of the development progress of this preview
ride comfort control system.

2 System Outline

2.1 System Aims

ISO2631-1 [10] aims to improve ride comfort over a wide range, including close to
the roll resonance frequency and the middle frequency band, centered on the
0.8 Hz frequency at which the human body is particularly sensitive to roll. It also
aims to improve road holding performance and reduce energy consumption.

2.2 System Components

Figure 1 shows the components of the eActive2 system used by the test vehicle.
The preview system uses laser displacement sensors to measure the road surface
profile in front of the vehicle. These sensors have a measurement frequency of
0.1 ms and a measurement accuracy of 0.2 mm, which is sufficiently accurate for
the test. The laser displacement sensors are located in the front bumper and are
angled downward toward the front of the vehicle. The system uses the front and
rear actuators in the existing electric active stabilizer system. Other components
include body vertical acceleration sensors, height sensors, wheel speed sensors,
and the like. The electric control unit (ECU) of the suspension uses the signals
from these sensors to calculate the target control amounts and transmits control
commands to each motor driver ECU. Based on these command values, the motor
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drive ECUs drive the electric actuators, which then generate the active control
force.

Figure 2 shows the frequency response characteristics of the actual actuator
rotating angle with respect to the target angle. At 2 Hz, the gain decreases by 3 dB
and at 1.4 Hz, the phase is delayed by 45�. These results were measured with the
system installed on an actual vehicle under the following conditions. The input
was a 0.1–15 Hz sine sweep and the amplitude was determined from the torque
equivalent to 80 % of the accumulated operating frequency when driven at 80 km/
h on the test road. The test road consisted of road surfaces equivalent to zones C
and D in ISO 8608 at less than 5 Hz (good to rough road surfaces) and zones B and
C at more than 5 Hz (good to normal road surfaces).

2.3 System Modeling

Figure 3 shows the vehicle model focusing on the roll motion of the system. This
model considers road surface inputs to be virtually equal to inputs to the unsprung
mass at frequencies where the actuator control force affects ride comfort. The
model also ignores changes in tire deflection. The symbols in the model are
defined as follows: hr is the body roll angle, Ir is the roll moment of inertia, x2ir and
x2il are the body displacement at the right and left wheels, respectively, x1ir and x1il

are the road surface displacement of the right and left wheels, respectively, c2i is
the damper coefficient, k2ci is the coil spring stiffness, k2ti is the stabilizer spring
stiffness (at all wheel positions), Ti is the tread, and Macti is the roll moment
generated by the actuator. In addition, i = f and r, which refer to the front and rear
wheels, respectively.

Equation (1) shows the roll direction equation of motion derived from Fig. 3.

Ir
€hr ¼ � c2Rf þ c2Rr

� �

_hr � k2Rf þ k2Rr

� �

hr þ c2f _x1fl þ _x1fr

� � Tf

2 þ c2r _x1rl þ _x1rrð Þ Tr
2

þ k2cf þ k2tf

� �

x1fl þ x1fr

� � Tf

2 þ k2cr þ k2trð Þ x1rl þ x1rrð Þ Tr
2 þMactf þMactr

ð1Þ

Motor driver ECU 

Sub-battery 

Height 
sensor × 4 

Electric 
actuator × 2 

Suspension 
control ECU 

Laser 
displacement 
sensor 

Body vertical 
acceleration 
sensor × 4 

Fig. 1 System components
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However, c2Ri ¼ c2i
T2

i
2 and k2Ri ¼ ðk2ci þ k2tiÞ T2

i
2 . The first and second terms on

the right of the equation express the vibration control force of the body, and the
third to sixth terms express the vibration input force. The seventh and eight terms
on the right side of the equation express the active control force generated by the
actuator. As described in the following sections, the roll vibration of the body is
suppressed by calculating these terms using sky-hook control.

2.3.1 Ride Comfort Control Laws

Sky-hook control has excellent vibration insulation properties and is frequently
used for the ride comfort control laws of active suspension systems. As described
by Nagai [3], methods for achieving sky-hook control include the feed-back of
control force proportionally to the angular velocity of the body (called FB sky-
hook control below) and the feed-forward of control force proportionally to road

1.4Hz

2.0Hz

Fig. 2 Frequency response
of electric actuators

rr I,

C.G.

irx1

ic2
cik2

tik2

ilx1

cik2

ic2

iT

irx2 ilx2

actiM

rr I,

C.G.

irx1

ic2
cik2

tik2

ilx1

cik2

ic2

iT

irx2 ilx2
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Fig. 3 Roll direction vehicle
model
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inputs such as the displacement or variation in the road surface (called FF sky-
hook control below).

Figure 4 shows the frequency characteristics of the required control force
assuming driving at 80 km/h on the test road using these control laws. Under these
conditions, the greatest control force of the FB sky-hook control is close to the
resonance point of the body. In contrast, the control force of the FF sky-hook
control increases as the frequency decreases. Figure 5 shows the break down of the
FF sky-hook control force. At 3 Hz or less, the control force proportional to the
road surface displacement is dominant. However, above 3 Hz, the control force
proportional to the road surface variation is dominant.

Therefore, this study adopted FF sky-hook control, which acts proportionally to
the road surface displacement (i.e., the lateral differences in the road surface) and
is capable of obtaining a major control effect at low frequencies. This control was
selected considering the peak human sensitivity to roll (close to 0.8 Hz) and the
actuator response (2 Hz). Equation (2) expresses the control value of the FF sky-
hook control actuator.

Macti ¼ �k2Ri
x1il � x1irð Þ

Ti
ð2Þ

The FB sky-hook control was studied for comparison. In this paper, the roll
angular velocity is calculated using the vertical acceleration of the body at each
wheel and the approximate integration [7]. The FB sky-hook control value is
calculated following Eq. (3) by multiplying the roll angular velocity by the roll
sky-hook damping coefficient. In this calculation, the phase of the roll angular
velocity is advanced by a phase lead compensator [9].

Macti ¼ �csRi
_hr ð3Þ

FB sky-hook control force

FF sky-hook control force

Fig. 4 Frequency
characteristics of target
control force
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2.3.2 Phase Correction by Preview Control

This section describes how the preview control compensates for actuator response
delays and the like. Figure 6 shows an outline of the preview control. The road
surface profile in front of the vehicle is measured using the laser displacement
sensors. This information is then used for the control. Equation (4) shows the
control command value when this control law is adopted. It differs from Eq. (2) by
including the control margin times tpf = Lp/v(t) and tpr = (Lp ? L)/v(t) obtained
by reading the road surface information at the front and rear in advance, and the
preview compensation time spi for correcting the actuator response delay and the
like.

Macti ¼ �k2Ri
x1pl t � tpi þ spi

� �

� x1pr t � tpi þ spi

� �� �

Ti
ð4Þ

In this equation, x1pl(t) and x1pr(t) represent the road surface displacement at the
position of the laser displacement sensors above the left and right wheels,
respectively, Lp is the preview distance to the road surface profile in front of the
vehicle, L is the wheelbase, and v(t) is the velocity of the vehicle body.

FF sky-hook control force
(Road surface 
displacement only)

FF sky-hook control force
(Road surface variation only)

FF sky-hook control force
(Road surface displacement 
+ road surface variation)

Fig. 5 Break down of FF
sky-hook control
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Fig. 6 Outline of preview
control
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In this study, the preview distance Lp is set to a position 1.4 m forward of the
center of the front axle based on the actuator response and the standard vehicle
speed in the performance tests.

Figure 7 shows the frequency characteristics of the phase compensation per-
formed under these conditions. For comparison, the figure also shows the char-
acteristics of phase compensation using a conventional differential filter [9]. In the
case of the differential filter, the gain fluctuates widely and the amount of phase
lead is limited. In contrast, the preview control demonstrates no increases or
decreases in gain in all the frequency bands, enabling the required control force
commands to be generated. In addition, the amount of phase compensation
increases in accordance with the frequency. This indicates that the control is more
capable of achieving the optimum control timing even in middle and higher fre-
quency bands at which the actuator phase delay increases. This should have the
effect of reducing energy consumption.

Figure 8 shows a block diagram of the control after substituting Eqs. (4)
into (1). The bold lines and boxes correspond to Eq. (4) and show the actuator
control flow. This control is capable of reducing inputs from the road surface
before transmission to the body by performing feed-forward of control force
proportionally to the road surface displacement (i.e., the lateral differences in the
road surface).

2.3.3 Road Surface Displacement Estimation

This section describes the method for estimating road surface displacement. The
laser displacement sensors that detect the road surface profile in front of the
vehicle are installed on the body and are therefore affected by the vehicle behavior.
Consequently, the preview distance varies from the standard value (1.4 m) due to
changes in the vehicle laden state or changes in vehicle posture (i.e., the sensor

Differential filter

Preview control

Differential filter

Fig. 7 Phase compensation
characteristics
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position) in response to road surface inputs. Therefore, compensation is required to
prevent these changes affecting ride comfort.

The preview distance variation and the road surface displacement of the laser
displacement sensor target position are estimated from the state quantities mea-
sured by each sensor. Figure 9 shows the flow from this estimation process to the
calculation of the road surface displacement at each wheel.

First, the vehicle behavior is estimated in block [1]. As described in the fol-
lowing section, a full-order observer was used to estimate the body displacement
and the pitch angle. The inputs to the full-order observer are the body vertical
acceleration, actuator rotating angle, lateral acceleration, longitudinal acceleration,
and vehicle height. The sensor position variation due to the laden state is also
detected from the vehicle height.

Subsequently, laser displacement sensor compensation is performed in
block [2]. In this block, the preview distance variation is calculated from the

Fig. 8 Block diagram of FF sky-hook control + preview control
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sensor angle variation and the sensor measurement values to estimate the road
surface displacement at this position. The road surface displacement at each wheel
and the input timing can then be corrected by factoring this preview distance
variation into the standard preview distance to calculate a preview time in
accordance with the vehicle speed.

2.4 Estimation of Body Displacement

Estimation of the body displacement is a necessary part of this system to correct
changes in the position of the laser displacement sensor due to vehicle behavior.
This can be estimated from the second order integrals of the body vertical
acceleration sensor values. However, since this method requires a high-pass filter,
it is susceptible to phase lead and gain reduction at low frequencies. Therefore, this
study estimated the body displacement using a full-order observer.

Figure 10 shows the single-wheel suspension model. Unlike a conventional
single-wheel model for road inputs only, this model also factors in the pitch and
roll moments with respect to longitudinal and lateral acceleration. The equation of
motion is as follows.

m2€x2 þ c2 _x2 � _x1ð Þ þ k2 x2 � x1ð Þ ¼ Fact þ Fw

m1€x1 þ c2 _x1 � _x2ð Þ þ k2ðx1 � x2Þ þ k1ðx1 � x0Þ ¼ �Fact
ð5Þ

In this equation, Fw ¼ PitchSignðFgxÞ þ RollSignðFgyÞ.

Fgx : Pitch inertialforce generated from longitudinal acceleration
PitchSign : Symbol for each wheel [FL : 1;FR : 1;RL : � 1;RR : � 1�
Fgy : Rollinertial force generated from lateral acceleration
RollSign : Symbol for each wheel [FL : 1;FR : � 1;RL : 1;RR : � 1�
Fact : Controlforce generated by actuator
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The full-order observer was composed with respect to this model. The state
quantity x̂2 estimated by the full-order observer for body displacement was used to
estimate road surface displacement. This study set the target in the range from 0.8
to 1.8 Hz to an amplitude ratio of ±3 dB and a phase difference of ±45�, con-
sidering human sensitivity to roll angular acceleration and the actuator response.
The full-order observer gain was determined by pole placement.

3 Actual Vehicle Tests

3.1 4-Wheel Shaker Test

To verify the effect of this ride comfort control law in actual vehicle tests, items
such as the road surface displacement estimation accuracy, road holding perfor-
mance, and the like must be evaluated accurately. Therefore, verification was
performed using the 4-wheel shaker test system shown in Fig. 11. However, a 4-
wheel shaker simulation does not have a road surface in front of the vehicle to
measure. As a solution, the vibration start timing was read by the control ECU
based on the vibration waveform acquired from the vibration waveform command
PC. The vibration waveform in the ECU was then subtracted from the laser dis-
placement sensor value based on this information to simulate laser displacement
sensor values obtained in actual driving.

As an indication of the road surface displacement estimation accuracy, Fig. 12
shows a Bode plot of the correlation between the road surface displacement
estimation value and the actual waveform data for the front left wheel. The pre-
view compensation time spi was 70 ms. As a result, the targeted amplitude ratio
and phase difference of less than ±3 dB and ±45�, respectively, were achieved in
the range from 0.5 to 6 Hz.

Vibration waveform 
command PC

4-wheel shaker 
control unit

Front-left wheel vibration input

4-wheel 
vibration input

Control
ECU

4-wheel estimated 
vibration input

Fig. 11 4-Wheel shaker
system
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Next, Fig. 13 shows the power spectral density (PSD) analysis results for load
deflection in the roll direction. For comparison, the figure also shows the results
without control, with FB sky-hook control, and with FF sky-hook control (phase
compensation using differential filter). When the preview control was adopted in
the FF sky-hook control, load deflection decreased at below 4 Hz compared to the
results without the control. This effect was particularly noticeable at close to
0.8 Hz, at which the maximum reduction of 13 dB was achieved. These results
verified that vibration inputs to the unsprung mass were offset by the actuator
control force, thereby improving road holding.
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3.2 Actual Road Tests

The ride comfort performance of the control was verified on actual roads. Figure 14
shows the PSD analysis results for roll angular acceleration after driving at 80 km/h
on the test road. The effectiveness of the FB sky-hook control was greatest close to
the roll resonance point (1–3 Hz). In contrast, the FF sky-hook control was effective
at frequencies both close to the roll resonance point and even lower at between 0.5
and 1 Hz. Furthermore, adopting the phase compensation preview control instead of
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the differential filter improved ride comfort control performance by between 4 and
5 dB at low (2 Hz or less) and middle (4–8 Hz) frequencies.

In addition, line A in Fig. 15 indicates the ride comfort performance of the
control when the preview sensor performance was reduced to a measurement
frequency of 32 ms and a measurement accuracy of 10 mm, which represent
realistic values reflecting the actual usage environment. This shows that substantial
performance deterioration is unavoidable and underlines the necessity for devel-
oping a more accurate preview sensor.

3.3 Energy Consumption

Figure 16 shows the energy consumption for these results. Positive values indicate
energy consumption and negative values indicate energy regeneration. In terms of
the respective ride comfort control laws, the FB sky-hook control and FF sky-hook
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control consume approximately the same amount of energy. However, factoring in
the different phase compensation methods, the preview control consumes roughly
40 % less energy than the differential filter control.

Figure 17 shows the energy consumption at each input frequency with sine
sweep vibration. As demonstrated in Fig. 7, when the preview control is adopted in
the FF sky-hook control, phase compensation does not cause variation in the
control command values. Therefore, this control consumes much less energy than
the differential filter control in middle frequencies. As a result, the overall energy
consumption of the system was reduced.

4 Conclusion

Adopting the preview ride comfort control into an electric active stabilizer sus-
pension system improved ride comfort and road holding over a wide frequency
range and reduced the energy consumption of the system. Future development will
aim to reduce the cost of the preview sensor while satisfying accuracy require-
ments as the next step toward practical application of this system. Development
will also continue to examine the applicability of pitch and heave direction control
to expand the effectiveness of the control.
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Slippage Equalization for Energy Loss
Minimization in a Four-Wheel
Drive Vehicle

Osamu Nishihara and Yuki Yoneima

Abstract Tire slippage will inevitably occur during vehicle acceleration and
deceleration, with the amount of slippage depending on parameters such as tire
force, vertical load, and road surface conditions. In a decelerating electric vehicle,
tire slippage can result in considerable energy loss to a regenerative brake system.
The purpose of this study is to derive the optimal drive/brake force distribution for
minimizing slippage loss; doing this will help to determine an optimal torque
distribution strategy for electric vehicles driven by individual motor/generators
that are connected directly to the wheels. In this study the wheel slippage
parameters of a four-wheel drive vehicle running straight on a uniform road lane
are estimated. The tires are modeled using the brush model, and vertical load
shifting is estimated as a function of longitudinal acceleration. By using con-
ventional brush model assumptions, a cubic equation in terms of the slip ratio can
be derived. The analytical solution to this equation can then be used to estimate
energy loss during acceleration or deceleration; from this, a figure for energy
efficiency in terms of what percentage of the energy consumed in driving is
converted into kinetic energy of vehicular motion can be calculated. A similar
index showing the percentage of the kinetic energy used to drive the motor/
generators in the wheels during deceleration can then be defined. From these
relationships, theoretical efficiencies can be precisely estimated, and it is found
that energy loss can be closely approximated as a sum of quadratic functions of the
slip ratios of the front and rear wheels. This result can be used to develop a torque
distribution method that equalizes the slip ratios of all four wheels (which equates
to synchronizing the revolution of all of the wheels) in order to minimize total

F2012-G02-021

O. Nishihara (&) � Y. Yoneima
Kyoto University, Kyoto, Japan
e-mail: nishihara@i.kyoto-u.ac.jp

SAE-China and FISITA (eds.), Proceedings of the FISITA 2012 World
Automotive Congress, Lecture Notes in Electrical Engineering 198,
DOI: 10.1007/978-3-642-33795-6_14, � Springer-Verlag Berlin Heidelberg 2013

163



energy loss. The results of this study can therefore serve as a useful guide for
implementing an efficient drive system controller. Although the quantitative
estimation of relevant factors is driven by the brush model, slippage equalization is
not essentially dependent on this estimation. This study provides a more firmly
analytical description of an improved torque distribution method for minimizing
slippage loss than has been previously developed; however, further study will still
be needed to implement an actual drive system controller.

Keywords Electric vehicle � Motor drive system � Energy regeneration � Slip
ratio � Range extension

1 Introduction

In recent times, electric vehicles (EVs) have attracted increasing attention as a
means of reducing environmental impacts—particularly from carbon dioxide
emissions—and of lowering energy costs. The development of EVs has been aided
by research into and development of energy-efficient nickel-metal-hydride and
lithium-ion battery modules and capacitor technologies that aim to provide higher
power capacities at lower costs.

Some EVs are driven by in-wheel motors (IWMs) incorporated into their wheel
hubs; these are beneficial in that they can considerably reduce energy loss in power
transmission. Use of IWMs also facilitates the development and application of
advanced technologies such as anti-slippage and integrated vehicle dynamics
controls. However, the energy densities of secondary batteries are far lower than
those of petroleum-based fuels, thus reducing the attainable mileage relative to a
conventional internal combustion vehicle. Installing more battery cells will
increase the mass—and thus the cost—of a vehicle. Control technologies, then,
must be relied upon to maximize the effective use of battery modules of limited
electrical capacity.

2 Model for Analysis

2.1 Tire Slippage

The primary focus of analysis in this study is the energy loss caused by slippage of
the tires. As acceleration and deceleration are necessary components of vehicle
travel, some amount of energy loss from slippage is unavoidable. Such energy
losses, however, can be minimized if electrical energy can be effectively converted
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into kinetic energy during acceleration, and if kinetic energy can be effectively
converted into electrical energy by regeneration during deceleration. A quantita-
tive analysis of the process by which slippage—as partly determined by the rel-
ative velocity between the tire and the road surface—leads to energy loss is not
difficult to perform. In this study, the tire is approximated using the brush model in
order to investigate the relation between slippage and energy loss [1].

2.2 Brush Model

In the brush model, the tire is simulated as numerous ‘‘bristles’’ (i.e., elastic bodies
attached to the tread base) [2]. The forces and moments acting on the tire are
estimated as elastic deformations of the bristles, with the coefficient of friction, l,
between the bristle tips and the road surface assumed to be a constant. As in
standard examples, a parabolic distribution of vertical contact pressure is assumed
in the longitudinal direction, while a constant pressure distribution is assumed in
the lateral direction. The center point of the forward edge of the contact area is set
as the origin, O; the x-axis is defined to be along the centerline of the contact area;
and the length and width of the contact area are denoted as a and b, respectively.
The ground contact pressure can then be estimated as

p ¼ 6Fz

ab

x

a
1� x

a

� �

ð1Þ

where Fz is the vertical load on the tire. Although, some of the parameters here
might have varying definitions, Eq. (1) represents a common expression for con-
tact pressure in the brush model.

The slip ratio in the longitudinal direction can be given as

jx ¼
RX� V

V
ð2Þ

where V ; X; and R are the velocity of the tire center, angular velocity of the tire,
and effective radius of the tire, respectively. As the vehicle in this study drives
straight along a uniform road lane, the slip angle of the tire can always be assumed
to be null.

3 Front/Rear Drive Vehicle

As a first step toward modeling a four-wheel drive vehicle, a formulation for a
front/rear drive system is first developed. The results of this will be used to provide
a basis for comparison with a four-wheel drive system.
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3.1 Equation of Motion

Using the brush model, the driving/braking force on the driven wheel can be
estimated as

Fi ¼ Kd
ji

1þ ji
� K2

d

3lFzi

ji jij j
1þ ji

þ K3
d

27l2F2
zi

ji

1þ ji

� �3

ð3Þ

where Kd is the driving/braking stiffness, and Fzi is the vertical load to the drive
wheel i: Although the dependence of the load on driving/braking stiffness is
outside the scope of this study, essential properties of tire motion can still be
discussed using this assumption. The stiffness can be assumed to be a constant
determined by the road surface conditions:

Kd ¼
50000 ½N] ðl ¼ 0:89Þ
25000 ½N] ðl ¼ 0:4Þ
10000 ½N] ðl ¼ 0:2Þ

8

<

:

ð4Þ

The suffix i in ji and Fi designates the various drive system layouts: i ¼ f
indicates front-wheel drive and i ¼ r; rear-wheel drive. The suffix j indicates a
non-driving wheel. If i ¼ f ; then j ¼ r; otherwise, i ¼ r and j ¼ f :

The equation of motion can be simplified as

Max ¼ 2Fi � 2lrrFzj ð5Þ

where M is the equivalent mass of the vehicle:

M ¼ mþ 2Iw

R2
ð6Þ

As the vehicle accelerates or decelerates, the vertical load on the tires will shift,
and the dynamic load can accordingly be expressed as

Fzf ¼ Fzf ;st �
mh

2l
ax ð7Þ

Fzr ¼ Fzr;st þ
mh

2l
ax ð8Þ

where Fzf ;st and Fzr;st are the static loads on the front and rear tires, respectively,
h is the height of the center of gravity, and l is the width of the wheel base.
Aerodynamic drag is not explicitly considered in this formulation. Additional
resistances can be expressed by redefining the equivalent acceleration to include a
virtual inertial force acting on the mass of the vehicle, but again, the numerical
examples used in this paper do not take account of these terms.
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3.2 Slip Ratio and Acceleration

If Eqs. (5)–(8) are substituted into Eq. (3) and this is rearranged, a cubic poly-
nomial equation in jican be obtained:

P1ðaxÞj3
i þ P2ðaxÞj2

i þ P3ðaxÞji þ P4ðaxÞ ¼ 0 ð9Þ

where P1ðaxÞ; . . .; P4ðaxÞ are cubic polynomials in ax: The unique real root of
Eq. (9) will then give ji as a function of ax.

In Table 1, the vehicle parameters assumed in this study are listed. These values
have been carefully collected, and they can be treated as practically corresponding
to a small electric vehicle. In Fig. 1, an example of the relation between the
acceleration and the slip ratio is shown. Slip ratios of a few percent are observed
with the accelerations or decelerations that can be seen in passenger cars under
ordinary driving conditions. The front- and rear-drive systems yield relatively
small differences, but the rear-drive system yields smaller slip ratios during
acceleration than the front drive vehicle.

3.3 Energy Conversion Efficiency

For the purposes of this study, the energy conversion efficiency during accelera-
tion, g; is defined as the ratio of the instantaneous power delivered by the drive
system to the rate of kinetic energy increase. Similarly, the energy recovery effi-
ciency during deceleration, n; is set as the ratio of the rate of vehicle kinetic energy
decrease to the instantaneous power applied to the drive system. Figures 2 and 3
illustrate the relation between acceleration/deceleration and energy conversion
efficiency, respectively.

4 Four-Wheel Drive Vehicle

It is assumed for the purposes of this study that the front and rear wheels are
directly connected to the IWMs and that their rotations are precisely controlled to
minimize the energy loss from slippage.

Table 1 Vehicle parameters

m ðkgÞ 1,100 Iw ðkgm2Þ 1.0

l ðmÞ 2.55 R ðmÞ 0.281
h ðmÞ 0.56 lrr 0.011
Fzf ;st ðNÞ 2,695 Fzr;st ðNÞ 2,695

Slippage Equalization for Energy Loss Minimization 167



Fig. 1 Relation of vehicle
acceleration and slip ratio
(l = 0.2)

Fig. 2 Vehicle acceleration
and energy conversion factor
(l = 0.2)

Fig. 3 Vehicle deceleration
and energy recovery factor
(l = 0.2)
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4.1 Equations of Motion

The equations of motion of a four-wheel drive vehicle can be given using previ-
ously defined parameters:

max ¼ 2Fi þ 2Fr ð10Þ

Iw
_Xf ¼ Tf � RFf � lrrRFzf ð11Þ

Iw
_Xr ¼ Tr � RFr � lrrRFzr ð12Þ

4.2 Slip Ratio Equalization

Analysis shows that, in the limits of small acceleration or deceleration, equalizing
the slip ratios minimizes the energy loss caused by slippage; in other words,
slippage energy loss is minimized by synchronizing the revolution of the front and
rear wheels.

The energy loss caused by slippage can be approximated as

2Ff ðRXf � VÞ þ 2FrðRXr � VÞ ffi 2Kd;f Vj2
f þ 2Kd;rVj2

r ð13Þ

where the equation of motion can be reduced to

max ¼ 2Ff þ 2Fr ffi 2Kd;f jf þ 2Kd;rjr ð14Þ

From these relations, it can be seen that equalizing the slip ratios of the front
and rear wheels approximately minimizes the energy loss, even if the driving/
braking stiffness of the front and rear tires are different.

Setting jf ¼ jr ¼ jx and Kd;f ¼ Kd;r ¼ Kd for simplicity, the equation of
motion is reduced to

max ¼ 4Kd
jx

1þ jx
� 2K2

d

3l
1

Fzf
þ 1

Fzr

� �

jx jxj j
ð1þ jxÞ2

þ 2K3
d

27l2

1

F2
zf

þ 1
F2

zr

 !

jx

1þ jx

� �3

ð15Þ

which can be rearranged as a polynomial with respect to the common slip ratiojx :

Q1ðaxÞj3
i þ Q2ðaxÞj2

i þ Q3ðaxÞji þ Q4ðaxÞ ¼ 0 ð16Þ

where Q1ðaxÞ; . . .; Q4ðaxÞ are cubic polynomials in ax: As in the case of two-
wheel drive, each real root jx is a function of ax: As can be seen from Fig. 4,
which shows the relation between the acceleration and the slip ratio, slip ratio
equalization effectively reduces energy loss (Figs. 5, 6)
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5 Evaluation of Electric Mileage

In this section, evaluation of practical mileage using 10–15 mode (a Japanese
emissions and fuel consumption test procedure) is discussed. Although this pro-
cedure has been abandoned for official use, it is simpler to conduct than the current
JC08 procedure and is thus suitable for a discussion in this study.

Fig. 4 Vehicle acceleration
and slip ratio (l = 0.2)

Fig. 5 Vehicle acceleration
and power conversion factor
(l = 0.2)

Fig. 6 Vehicle acceleration
and power regeneration factor
(l = 0.2)
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5.1 10–15 Mode

The 10–15 mode test procedure involves a three-cycle repeat of 10 patterns of
model urban driving, followed by one cycle of 15 suburban driving patterns. This
procedure typically involves measurements using the chassis dynamometer, where
load shifting does not occur; however, for this study, the dynamic loads on the
wheels from acceleration and the energy loss from slippage are evaluated.

5.2 Evaluation of Mileage

The energy conversion efficiency of both charging and discharging is assumed to
be 80 %, while driving by motor and regeneration are assumed to have efficiencies
of 90 and 80 %, respectively. The road surface condition varies as dry, wet, or icy,
with corresponding road surface friction coefficients of 0.89, 0.4, and 0.2,
respectively. Based on these assumptions, electric mileage is evaluated. Figure 7
shows comparative time series, for rear-drive and four-wheel drive vehicles, of
cumulative energy consumption over one 10–15 mode cycle.

From this figure, the reduction in energy consumption owing to slippage
equalization is apparent. Tables 2, 3 and 4 show the performance enhancements of
using slip ratio equalization in a four-wheel drive. As can be seen in Tables 2
and 3, while the front- and rear-drive systems differ only slightly from each other
in terms of consumed and regenerated energies, the four-wheel drive system
requires less electric power for acceleration while regenerating more power in
deceleration. Lower friction coefficients tend to enhance the advantages of the
four-wheel drive. Table 4 shows the estimated vehicle mileages in both the rear-
and four-wheel drive systems, further demonstrating the beneficial effects of
slippage equalization with a four-wheel drive system.

Fig. 7 Cumulative energy
(l = 0.2)
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6 Conclusions

In this paper, the energy conservation effects of slip ratio equalization in a four-
wheel drive system were discussed. Slippage was shown to be reduced by slip ratio
equalization, resulting in an improvement in energy efficiency. An improvement in
electric mileage estimated using the 10–15 mode assessment also testifies to the
benefit of slip ration equalization. Overall, the use of slip ratio equalization with a
four-wheel drive system improved performance parameters such as electric
mileage by up to nearly 5 % as compared with a front- or rear-drive system, and
lower friction coefficient tended to enhance these advantages.
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Table 2 Consumed energy

l Front drive (MJ) Rear drive (MJ) 4WD (MJ)

0.89 1.591 1.591 1.586
0.4 1.603 1.603 1.590
0.2 1.661 1.653 1.607

Table 3 Regenerated energy

l Front drive (MJ) Rear drive (MJ) 4WD (MJ)

0.89 0.420 0.420 0.421
0.4 0.416 0.416 0.420
0.2 0.405 0.404 0.414

Table 4 Comparison of electric mileage

l Rear drive (km/MJ) 4WD (km/MJ) Improvement (%)

0.89 3.557 3.575 0.51
0.4 3.509 3.560 1.43
0.2 3.335 3.491 4.48
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Multi-Objective Optimization
and Multi-Attribute Decision
of Mini-Van Chassis

Xulong Jin, Min Qin, Yongfeng Jiang, Wenbin Wang
and Chao Cheng

Abstract Chassis developing is very important in vehicle performance. There are
many chassis characteristic targets which may interfere with each other in most
case. This efficiency function is difficult to confirm before optimization. We study
the mini-van, build the multi-body suspension dynamic model, set up an optimi-
zation platform using Isight software by integrating ADAMS and MATLAB.
Chassis design parameters of Multi-body Pareto optimization solutions were
gotten by using multi-body genetic algorithm. The final chassis design parameters
were confirmed by using multi-attribute decision.

Keywords Comprehensive performance � Dynamic simulation � Genetic algo-
rithm � Multi-objective optimization � Multi-attribute decision

1 Introduction

Due to the inertia force and the braking force, mass transfer of the passenger car in
the braking process leads to dynamic increase in the front axle load and decrease in
the rear axle load, synchronously.

There is a huge market for mini-van in Chinese city and country and it is sure
there will be a good future. At the same time the user has more requirements for
performance of mini-van with the improvement of Chinese road conditions. Now
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it is a huge challenge to develop a new mini-van which has good performance
under the situation that most mini-van market was held by Wuling and Changan
Company.

Chassis is a key subsystem of mini-van which it’s characteristics will influence
the driving performance. Chassis characteristic designing is an important work
during vehicle development. With the development of the Virtual Prototype, the
vehicle performance can be analyzed by using the CAE technology before the
physical prototype completed.

This paper studies the development of mini-van which has five-bar rear sus-
pension. First the suspension model was built and validated by results of K&C test.
Pareto optimization solutions of chassis design parameters were gotten by using
Multi-objective genetic algorithm exploratory technique NSGA-II. Then we can
confirm the parameters by multi-attribute decision. In this way the performances of
suspension will be greatly improved.

2 Suspension Dynamic Modeling and Simulation

The dynamic model of mini-van was built in ADAMS software. Because the rear
suspension is the base factor to the chassis, the process of developing of five-bar
rear suspension is mainly described. The dynamic model five-bar of the rear
suspension was calculated according to the K&C test. Because the simulation
result is close to the test data, which is shown in Fig. 1, it is validated that the
model is correct and can be used to optimize the characteristic of the chassis.

3 Multi-Objective Optimization

Because the changes of toe angle and the displacement of wheel center (imposed on
lateral force) can directly influence the controllability and stability of mini-van. The
straight performance of mini-van is mostly based on the toe angle change while
imposing longitudinal force. So the stiffness of bushing in suspension control arm
was considered as the factor. The response is toe angle, camber angle and the
displacement at wheel center while the wheel center imposing on lateral force, toe
angle while the wheel center imposing on longitudinal force. The multi-objective
optimization of rear suspension was done to improve the compliance characteristic.

3.1 Theory of Multi-Objective Optimization

According to the different needs of vehicle performance, the suspension perfor-
mance is usually contrary to one and another, suspension optimization is also a
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matching process. Under many norms or more design goal to match, if the goal is
contrary to each other, we need to find the optimal design to satisfy these goals,
namely the multi-objective optimization.

There are many conventional multi-objective optimization methods, including
object planning and multi-objective weighting method, level planning, and so on,
the characteristic of these algorithms is to translate the multi-objective to single
objective. Unless we know the value of objective function beforehand, even if the
single objective optimization is very successful, we also can’t guarantee to achieve
the optimal Pareto. In this chapter, we use the NSGA-II genetic algorithm (with the
control strategy of the Non-Dominated Sorting Genetic Algorithm) to obtain the
multi-objective optimization of Pareto optimal set.

The meaning of Pareto optimal set is as followed:
As for the question of minimum multi-objective optimization, n objectives fk (k

= 1,2,……,n) constitute a vector �f ð�xÞ ¼ ðf1ð�xÞ; f2ð�xÞ; � � � ; fnð�xÞÞ, �xv 2 U,v ¼
f ð�xvÞ ¼ ðv1; � � � ; vnÞ, dominate u ¼ f ð�xuÞ ¼ ðu1; � � � ; unÞ, that is to say that there is
none �xv 2 U to make the follow expressions tenable:

8i 2 f1; � � � ; ng; v� u ^ 9i 2 f1; � � � ; ng vih ui ð1Þ

Fig. 1 ADAMS model of 5-bar suspension and simulation results
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3.2 DOE Analysis

Set the optimization objectives as follows: alattoe is toe angle change on account
of lateral forces; blatcamber is camber angle change on account of lateral forces;
claty responsible for lateral wheel center displacement on account of lateral force;
dbraketoe is toe angle change on account of longitudinal force. There are
34 directions bushing stiffness: front bushing of upper thrust bar has 6 directions
stiffness (upfx, upfy, upfz, upftx, upfty, upftz); rear bushing of upper thrust bar has
6 directions stiffness (uprx, upry, uprz, uprtx, uprty, uprtz); front bushing of lower
thrust bar has 6 directions stiffness (downfx, downfy, downfz, downftx, downfty,
downftz); rear bushing of lower thrust bar has 6 directions stiffness (downrx,
downry, downrz, downrtx, downrty, downrtz); left bushing of tie rod has 6 direc-
tions stiffness (rodlx, rodly, rodlz, rodltx, rodlty, rodltz); right bushing of tie rod
has 6 directions stiffness (rodrxy, rodrz, rodrtxy, rodrtz).

There are many variables in this optimization analysis, but some variables have
a little effect to the result, in order to improve the efficiency of optimization, we
have to do the DOE analysis first, see Fig. 2, we select the furthest influence
bushing stiffness as final optimization variables.

We use the Monte Carlo method to do the DOE analysis, and set the contri-
bution of the target of 1.5 % for the constraints, and then we select nine main
influence factors.

The factors were list as followed: upfy (Y direction of the upper front thrust
bar), upry (Y direction of the upper rear thrust bar), downfy (Y direction of the
lower front thrust bar), downrx (X direction of the lower rear thrust bar), downry
(Y direction of the lower rear thrust bar), rodlx (X direction of the left tie rod),
rodlty (Y rotate direction of the left tie rod), rodrxy (XY direction of the right tie
rod), rodrtxy (XY rotate direction of the right tie rod).

Fig. 2 Effects of all variables on factor
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3.3 Suspension Optimization

We use Isight software integrating ADAMS and MATLAB to optimize the main
suspension characteristic index (Fig. 3).

3.4 Objective of Optimization

It is very important in determining the appropriate design goal for five link type
suspension performance in the designing optimization process. (Too few design
goal may not satisfy the suspension performance requirements; but too many
design goal will decrease the efficiency of design optimization process). Therefore
we choose 4 important design goals of the five link independent suspension as the
optimization objective.

(1) toe angle while the wheel center imposed on brake force (B upper limit)
(2) displacement gradient of wheel center while the wheel center imposed on

lateral force (B upper limit)
(3) toe angle gradient while the wheel center imposed on lateral force (maximum

of the left wheel)
(4) camber angle gradient while the wheel center imposed on lateral force

(maximum of the left wheel)

3.5 Results of Suspension Optimization

After optimizing calculation, the integrated Pareto optimal and single detailed
Pareto optimal is shown as Fig. 4.

Fig. 3 Multi-objective integrated optimization
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4 Multiple Attribute Decision Based on Maximum Difference

The integrated Pareto optimal set is aggregation of more optimization scheme after
optimizing calculation for the five link type suspension, we needs to select the best
scheme from the optimal set as a final design parameters of the chassis. We use
multiple decision to select the optimal solution, set the change of toe angle, camber
angle and lateral wheel center displacement under the action of lateral force and
the change of toe angle under the action of longitudinal force as attribute set, we
get the optimal scheme is Pareto set, form the decision matrix, A ¼ ðaijÞn�m; which
n responsible for attribute number, m responsible for plan number, we use the
multiple attribute decision to make method which based on the maximum devia-
tion, sort and set the best one to the integrated Pareto optimal.

4.1 Consturct Matrix and Standardized Matrix

We use Pareto optimal set of five link type suspension optimization to form a
decision matrix A ¼ ðaijÞ43�4; as shown in Fig. 5, row of the matrix are four
attribute value, it is the change of toe angle, camber angle and lateral wheel center
displacement under the action of lateral force and the change of toe angle under the
action of longitudinal force, The column of matrix is the optimal scheme of the 43
optimizations.

Attribute types usually have four types: benefit type, cost type, fixed type and
offset type etc. In the suspension design goal, toe angle and camber angle under
lateral forces are benefit type, and the other two types are cost type. Because each
attribute unit is not unified, and the numerical magnitude is huge, so it needs to
standardized the decision matrix. We use the left formula to standardize treatment

Fig. 4 Integrated pareto optimal set
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for 2, 3 columns of attribute values, and then to standardize treatment for 1, 4
columns of attribute values, so we get the standardization decision matrix R ¼
ðrijÞ43�4 as shown in Fig. 5.

rij ¼
aij

MaxðaijÞ
j

; i 2 ½1; . . .; 43�; j 2 ½2; 3�;

rij ¼
MinðaijÞ

j

aij
; i 2 ½1; . . .; 43�; j 2 ½1; 4�

ð2Þ

4.2 Computation of Optimal Weight Vector x

Suppose that the weight vector is x ¼ ðx1; . . .;xmÞ; xj� 0; and it is satisfied
unitary subject condition.

X

m

j¼1

x2
j ¼ 1 ð3Þ

Fig. 5 Decision matrix A and R
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Then we can defined the integrated attribute value of every scheme:

ziðxÞ ¼
X

m

j¼1

rijxj ð4Þ

Generally, multiple attribute decision is to make sorted and compared com-
prehensive attribute value of these solutions. The smaller of the difference in the
attribute of all scheme showed, the smaller this attribute decision made and sorted
[1]. Therefore, considered the scheme sorting, [the greater the deviation of the
scheme attribute value properties (no matter how important itself) should give the
greater weight?]. In particular, if all the attributes of the scheme are equal under
attribute value of uj; the attributes of uj will not work on the ranking. So the weight
can set as zero. In this paper, VijðxÞ; equals to the difference between optimization
scheme xi and all other optimization schemes under attribute value of uj; can be
defined as:

VijðxÞ ¼
X

43

k¼1

rijxj � rkjxj

�

�

�

�; i 2 ½1; . . .; 43�; j 2 ½1; 2; 3; 4� ð5Þ

As

VjðxÞ ¼
X

43

i¼1

VijðxÞ ¼
X

43

i¼1

X

43

k¼1

rij � rkj

�

�

�

� � xj; j 2 ½1; 2; 3; 4� ð6Þ

So VjðxÞ is equal to total deviation between optimization scheme and all the
other optimization schemes under the attribute value of uj: According to the above
analysis, the choice of the weighted vector x should be able to make the total
deviation largest to all scheme. Therefore, the objective function can be defined as:

maxV ðxÞ ¼
X

4

j¼1

VjðxÞ ¼
X

4

j¼1

X

43

i¼1

X

43

k¼1

rij � rkj

�

�

�

� � xj ð7Þ

Solving weight vectors x from the objective function and the optimal solution
is normalized as:

xj ¼
P43

i¼1

P43
k¼1 rij � rkj

P4
j¼1

P43
i¼1

P43
k¼1 rij � rkj

; j 2 ½1; 2; 3; 4� ð8Þ

Base on the standardization of decision matrix R ¼ ðrijÞ43�4; the optimal weight
vector is as followed:

x ¼ 0:9543; 0:015; 0:00977; 0:00901ð Þ
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Base on the comprehensive attribute value definition, the comprehensive
property values of scheme xi is as followed:

ziðxÞ; i 2 ½1; . . .10� 0.319 0.283 0.361 0.11 0.289 0.265 0.383 0.382 0.277 0.636
ziðxÞ; i 2 ½11; . . .20� 0.267 0.284 0.458 0.737 0.879 0.466 0.97 0.354 0.508 0.129
ziðxÞ; i 2 ½21; . . .30� 0.496 0.637 0.189 0.555 0.387 0.334 0.331 0.247 0.192 0.303
ziðxÞ; i 2 ½31; . . .40� 0.13 0.385 0.215 0.157 0.236 0.25 0.622 0.742 0.398 0.234
ziðxÞ; i 2 ½41; 42; 43� 0.449 0.6 0.482

4.3 Ranking of Scheme

According to the value of ziðxÞ; i 2 ½1; . . .43�; we list all scheme Pareto optimal set
of the five-bar suspension. The biggest was the value of z17ðxÞ which equal to 0.97
so the optimum scheme in Pareto optimal set was the No. 17 scheme. The design
variables of bushings stiffness in No. 17 scheme was set as the final chassis
bushing design value.

5 Conclusion

The quality of the vehicle is decided by various performance. This chapter study
the developing of five-bar suspension of new mini-van and the multi-objective
optimization design and Multi-attribute Decision.

(1) We calculate the chassis design parameters based on the Pareto solutions.
(2) Base on information entropy, Multi-attribute Decisions of Pareto optimization

solutions had made to match vehicle productive object.
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Abstract The paper presents the results of the research project ADTYRE that is
concentrated on the development of dynamic tyre pressure control systems (TPCS)
with the aim to reduce rolling resistance and to improve driving safety. The project
is coordinated by the Ilmenau University of Technology (Germany) in cooperation
with Gumpert Sportwagenmanufaktur GmbH (Germany), senTec Elektronik
GmbH (Germany), Vilnius Gediminas Technical University (Lithuania), and Szent
István University (Hungary). The paper covers the following content: (1) State-of-
the-art of tyre pressure monitoring and control systems; (2) Simulation study to
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estimate the potential of high-dynamic tyre pressure adaptation to the actual
driving situation and operational state of the tyres; (3) TPCS design procedure
using complex simulation tool (AMESim, IPG CarMaker); (4) Design of a data
acquisition system with high sampling rate to monitor the tyre pressure and
temperature; (5) Functional validation of the TPCS approach with experiments on
the test rig and real car. Results of the laboratory and vehicle testing point out that
the developed dynamic tyre pressure control system has an evident potential in
increasing the vehicle safety and performance.

Keywords Tyre pressure control system � Vehicle dynamics � Rolling resistance �
Vehicle safety

An efficient way to reduce the rolling resistance losses and to improve the vehicle
performance lies in the proper maintenance of tyre pressure during the vehicle
driving. For this purposes the market proposes a variety of tyre pressure moni-
toring systems (TPMS). In accordance with the sources [1, 2], the TPMS can
secure the fuel or electrical energy saving of about 6 % for city driving and up to
5 % in highway driving per year; subsequently, the CO2 emissions are reduced by
these measures for about 9.6 million tonnes per year (calculated for EU-15
countries).

The European Commission proposes the obligatory introduction of tyre pres-
sure monitoring systems to all new vehicles in 2012 [3] and to all existing vehicles
in 2014. The NHTSA’s FMVSS 138 document published in 2005 has obliged
automobile manufacturers to install the TPMS on light passenger vehicles in
period from 2006 to 2008 [4]. An additional impact of influence of the NHTSA’s
rules on medium and heavy vehicles was also discussed [5].

Existing TPMSs have functions of the maintenance of specified pressure, the
short-time support of safe driving with one or more defective tire, and informing
the driver about tire pressure level. Figure 1 proposes the classification of possible
variants of tire pressure monitoring and control systems.

Depending on the type of pressure measuring, the TPMSs are divided into two
groups: direct TPMS and indirect TPMS. A direct TPMS measures pressure using
pressure sensors, which are installed in each wheel [6, 7]. The direct systems can
also use the integrated pressure and temperature sensors. The main advantage of
direct TPMSs is high accuracy. But otherwise such systems complicate the design
and maintenance of wheel unit and have increased price due to the installation of
not only additional sensors but corresponding power supply and transmitting
devices. Several researches and industrial solutions have recently proposed the
application of battery-less TPMSs that can eliminate some existing disadvantages
[8, 9].

An indirect TPMS uses sensors from the anti-lock braking system to calculate
the tyre pressure from angular wheel velocities. Implementation of such systems
has no huge influence on the cost. The indirect TPMSs need no new hardware and
require some changes in existing ECU software only [10]. It is one of the main
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arguments why majority of automotive manufacturers prioritize the application of
indirect TPMSs [11].

Another variant of classification of tyre pressure systems relates to methods of
dynamic change of tyre pressure. In such a case it should be spoken about the tyre
pressure control systems (TPCS). The known TPCSs use two approaches:
(1) changing a quantity of gas in the tyre and (2) changing the internal tyre volume.
The general problem of the dynamic systems is that an optimal tyre pressure is not
constant and changes according to the driving mode and environmental conditions.
Hence the fast pressure adaptation can be required. However, the known TPCS
solutions have relatively slow dynamics. For example, the relevant system described
in [7] takes approximately from 12 to 3 min to inflate the 28’’-tyre from 15 to 30 psi.

Review of the dynamic tyre pressure systems shows that one of the rare
explored areas is the influence of tyre pressure on the lateral vehicle dynamics.
However, the undoubted potential of the TPCSs can be confirmed by various
experimental results introduced in the research works:

• Lower tyre inflation pressure produces understeer tendency at low and medium
forward speeds (less than 18 m/s) and oversteer tendency at high speeds [12];

• Influence of tyre pressure on lateral tyre stiffness has nonlinear character; deflated
tyres can ensure more stable motion at some operational conditions [13];

• Tyre pressure influences the transient handling response, roll stiffness and slip
angle [12];

• Lateral friction coefficient has nonlinear dependence from the tyre pressure; the
deflated tyres can better transfer lateral contact forces at low wheel loading [14].

Analysis of existing TPMS and TPCS variants as well as analysis of eventual
effects from the dynamics tyre pressure control allows to formulate a number of
design challenges:

Fig. 1 Classification of tire pressure systems
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• Tyre pressure systems require dynamic adaptation of the inflation/deflation in
real-time mode to improve fuel economy and vehicle safety;

• Control strategy of tyre pressure systems has to apply a complex methodology to
assess the influence of vehicle dynamics parameters on the required level of the
tyre pressure;

• Development of the TPCS should consider optimization of pneumatic compo-
nents to reduce total cost of the system.

These challenges have provided a basis for the new tyre pressure control system
that is under development in the project ADTYRE performed by the consortium of
Ilmenau University of Technology, Gumpert Sportwagemanufaktur GmbH, senTec
GmbH, Vilnius Gediminas Technical University, and Szent Istvan University. Next
sections of the paper will describe the concept of the ADTYRE tyre pressure control
system, discussion of relationship between the tyre pressure and lateral vehicle
dynamics, the procedures relevant to the design of sensor and actuator parts of the
TPCS, and methods of the system validation on the stage of the development design.

1 Definition of Functional Requirements to Tyre Pressure
Control System

1.1 Target Vehicle

The TPCS variants, which are under development in the ADTYRE project, con-
cern the sport car and light-weight truck. Within the framework of the presented
paper, the architecture and functions of the system will be considered for the sport
car Gumpert Apollo, Fig. 2, with technical data given in Table 1.

Taking into account specific character of the target vehicle, the functions of
relevant TPCS should be concentrated first of all on the support of the car stability
during the lateral dynamics manoeuvres. From this position, the first development
stage has covered setting of reasonable pressure range where an effect from

Fig. 2 Apollo Gumpert test vehicle

188 K. Augsburg et al.



dynamic tyre inflation/deflation on vehicle stability can be expected. Additional
important information to be defined relates to the time limits when the duration of
tyre pressure control process is enough to support the vehicle performance during a
certain manoeuvre. For this purpose, the preliminary modelling of vehicle
dynamics has been performed using IPG CarMaker software.

1.2 Simulation of Vehicle Dynamics

The preliminary modelling covers the study of lateral dynamics of the Gumpert
Apollo simulator during (1) ISO 4138 steady-state skidpad test and (2) ISO 3888-2
lane change manoeuvre. Because the test programme includes variation of tyre
pressure, the simulator has special requirements to the proper choice of tyre

Table 1 Specification of Gumpert apollo car

Curb weight 1200 kg
Maximum speed 360 km/h
Dimensions, mm 4460 9 1998 9 1114
Front tires 265/30 ZR19, air volume 47 l
Rear tires 345/30 ZR19. air volume 83 l
Max. steering angle, � 1044
Min. turning radius, m 12
Drag coefficient 0,57
Front area 1.99 m2

Engine V8-cylinder-Biturbomotor 4.2 l (478 kW nominal output)
Gearbox Sequential six-speed gearbox

Fig. 3 Tyre characteristics as function of pressure
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models. By modelling the tyres of the Gumpert Apollo car, the Magic Formula 6.1
tyre model with variable tyre pressure and temperature has been used. Examples of
tyre characteristics are given on Fig. 3.

Using the proposed tyre models, a series of simulations of skidpad tests and
lane change manoeuvres has been performed with both axis-selective and wheel-
selective variation of tyre pressure. To illustrate the modelling, Figs. 4, 5, 6 dis-
play a number of typical dependencies characterizing the lateral vehicle dynamics.
The analysis of simulation results has allowed to draw a number of conclusions,
which are of special relevance for the further design stages:

• Total pressure range to be covered by the TPCS control processes is
1.5…3.5 bar (relative pressure); at that the reasonable boundaries of the tyre
pressure alteration can be 1.8…2.3 bar (from viewpoint of achievable effect on
stability);

• The change of tyre pressure can essentially influence the understeer character-
istics of the vehicle; it was observed the transfer from understeer to oversteer
behaviour of the vehicle in the cases of (1) high pressure level—3.0 bar—in all
tyres and (2) low pressure level—1.5 bar—in front tyres and high pressure
level—from 2.5 bar—in rear tyres;

• The change of tyre pressure influences the slip angle behaviour to a certain
extent; within the total pressure range, the difference between maximal and
minimal values of slip angle has reached 0.4� (in steady-state area) with vari-
ations of the ‘‘slip angle –lateral acceleration’’ gradient from 0.4 to 0.6 /m/s2;

• As opposed to steady-state tests, the tyre deflation can give more apparent positive
effect on the vehicle stability during the transient manoeuvres; for instance, the
tyre deflation from maximal to minimal value during the lane change manoeuvre
has reduced maximal amplitude of slip angle on 1� and more;
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Fig. 4 Results of simulation of ISO 4138 steady-state skidpad test: steering angle vs. lateral
acceleration
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• Considering the appointed pressure range 1.8–2.3 bar appointed for the effective
operation of the TPCS, corresponding time limits should be no more than 1 s for
the inflation process and 1.5 s for deflation process.

The listed theses have allowed to form the requirements to the TPCS concept
that will be introduced in next sub-section.

Fig. 5 Results of simulation of ISO 4138 steady-state skidpad test: slip angle vs. lateral
acceleration

Fig. 6 Results of simulation
of ISO 3888-2 lane change
manoeuvre: slip angle vs.
time
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1.3 Formulation of TPCS Concept

The main components of the proposed TPCS concept are introduced in Fig. 7. The
general function of the discussed TPCS is the dynamic control of tyre pressure
according to actual driving condition for improvement of active safety and vehicle
performance. It means that system should monitor not only the pressures in each
tyre but also the driving conditions such as longitudinal and lateral velocities,
angular velocities of wheels, yaw rate and other. To smooth a human factor and to
simplify the driver’s work, it is necessary to combine the automatic maintenance
of optimal level of tyre pressure automatically with providing the driver with the
relevant feedback.

The following section is dedicated to the design of actuator and sensor com-
ponents, which were developed for the proposed system concept. However, the
detailed description of the logic of the TPCS controller will not be discussed in the
work due to patent pending.

2 Technical Realization of TPCS Concept

2.1 Pneumatic System

The procedure of the design of the actuator part covers the stages of preliminary
simulation of pneumatic components, validation of the actuator layout on test rig,
and the final experiments on the real vehicle to assess the functionality of proposed
engineering solutions. Modelling of the TPCS actuators has been performed in
AMESim software, Fig. 8. The proposed configuration consists of two air storage
devices, inlet and outlet valves, and rotary feedthrough at each wheel. The valve

Fig. 7 Scheme of the ADTYRE dynamic tyre control system
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logic is based on the fact that during the vehicle driving it is necessary to inflate
tyre (input signal ‘‘1’’) for realization of one type of manoeuvres and to deflate tyre
(input signal ‘‘0’’) for realization of other type of manoeuvres. In that way, the
control of opening and closing of pneumatic valves of the TPCS by processing of
signals from two sources: the first one depends on type of manoeuvre (0 or 1) and
the second one is received from the pressure sensor (value of tyre pressure).

The simulation results have allowed to choice the TPCS components, which
satisfy the requirements to the high-dynamic tyre inflation and deflation in term of
operating time. For the tyres of Gumpert Apollo car (265/30ZR 19 and 345/30ZR
19), the expected inflation time from 1.8 bar to 2.3 bar is 0.6 s for front tyres and
0.7 for rear tyres, and deflation time is 1.08 s for front tyres and 1.15 s for rear
tyres.

The complex technical problem, which has arisen by designing the TPCS
actuator part, is the organization of rotary feedthrough to provide the tyres with air
supply. Several related constructions are known from patents and industrial
applications. However, most of them complicate the wheel unit packaging or have
constructive limitations, especially for vehicles with high operational velocities.
This problem was solved by providing a flexible design of feedthrough optimized
both for driven and driving wheels, Fig. 9. The proposed solution allows the air
supply with minimal losses and makes no complex changes in the wheel hub
construction. The rotary feedthrough is also damage-proof due to the installing
flange.

2.2 Sensor System

The estimation of tyre conditions requires monitoring of two operational param-
eters: tyre pressure and temperature. Both sensors in the developed TPCS are

Fig. 8 Scheme of pneumatic system model with compressor in AMESim simulation

Project Adtyre: Towards Dynamic Tyre Inflation Control 193



mounted inside the tyre and fulfil several requirements: pressure range 1–5 bar;
temperature range -40…+120 �C; sampling rate [ 100 Hz. Within the frame-
work of the ADTYRE project, the original sensors ‘‘Intersema MS5535C’’
developed by the company senTec Elektronik GmbH are embedded in the TPCS.
The initial testing of the sensors was performed using the chassis and brake test rig
at the automotive engineering department at the Ilmenau University of Technology
as shown on Fig. 10.

The sensor plate is mounted on tyre rim and includes a radio transmitter. This
solution provides wireless transmitting of signal from the sensor. The sensor unit
can be equipped with two variants of power supply. The unit can be either battery-
less, with power supply from electrical valve (12 V on board voltage), or it can use
a 3 V battery. The developed construction has reduced weight about 15 g.

Both actuator and sensor parts of the TPCS were investigated on the test rig and
on the car in real conditions. The procedures of real car tests are being introduced
in the next section.

3 Experimental Investigations

The first series of road tests performed in the project ADTYRE has aimed at:

• Proof of effect of improvement of lateral vehicle dynamics by changing of tyre
pressure;

• Validation of developed IPG software simulator of Gumpert Apollo car;
• Proof of functionality of the developed actuator and sensor components.

Fig. 9 Construction of
rotary feedthrough developed
for tire test rig
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The vehicle-demonstrator is equipped with GPS-Datenlogger device ‘‘VBOX’’,
which is connected to the CAN system and is used for monitoring of parameters of
vehicle dynamics (longitudinal and lateral acceleration, wheel velocity, brake
actuation etc.), Fig. 11. The previously described original sensors of pressure and
temperature are installed on the tyre and wheel rim, Fig. 12.

The programme of experiments was developed from viewpoint of the most
detail studying of influence of different tyre pressure on vehicle dynamics and also

Fig. 11 GPS-Datenlogger VBOX in test vehicle [15]

Fig. 10 Intersema MS5535C: mounting and testing
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in accordance to the existing standards of vehicle dynamics. The driving tests were
realized at the ADAC driving safety centre in Nohra (Germany). To give an
illustration, some results of ISO 4138 open-loop test—Steady-state circle driv-
ing—are introduced on Fig. 13 (as applied to the radius of the circle test track of
27.5 m).

The tests were realized with the same tyre pressure in all tyres and different tyre
pressure in axles from 1.5 till 3.5 bar. The following observations done from the
analysis of experimental results should be especially mentioned for the test car:

• An equal change of the pressure level of front and rear tyres has less influence
on the value of understeer gradient but gives a noticeable effect on transient

Fig. 12 Pressure and temperature sensors installed on wheels
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Fig. 13 Example of experimental results of ISO 4138 open-loop test
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behaviour of the vehicle; at that the difference between maximal magnitudes of
lateral acceleration achieved with the variation of tyre pressure from 1.5 to
3.5 bar can average more than 1.5 m/s2;

• Axis-selective difference in pressure level on front and rear tyres influences
essentially the boundaries of sensitivity of the vehicle steering; smaller pressure
in rear tyres and higher pressure in front tyres calls for tendency to neutral steer
behaviour, reverse proportion of tyre pressure increases understeer and reduces
initial steady-state area of ‘‘steering angle—lateral acceleration’’ characteristic;

• A marginal influence of tyre pressure alteration on the slip angle and yaw rate
dynamics was observed; for instance, the difference in maximal side slip values
did not exceeded 1�, however, more significant effect could be expected in the
case of transient manoeuvres.

It should be concluded in addition that the tests have fully validated and verified
the simulator of Gumpert Apollo car created in the IPG CarMaker software as well
as have proved all operational functions of the developed actuator and sensor parts
of the tyre pressure control system. The detailed analysis of the experimental
results will be given in coming publications of authors.

4 Summary/Conclusions

The presented work introduced several outcomes of the research project ADTYRE
that aims at the development of the tyre pressure control system for improvement
of vehicle dynamics. The relevant technical solutions have being developed as
applied to sport car Gumpert Apollo.

The consistent modelling of lateral dynamics manoeuvres of the target vehicle
has allowed to define requirements to the functional and operational characteristics
of the TPCS. The successive design of pneumatic components of the system as
well as integrated wireless tyre pressure and temperature sensors has been per-
formed on the basis of defined requirements.

The experimental investigations of the developed components have confirmed
high-dynamic operation of the proposed TPCS concept. The achieved operational
time does not exceed 1 s for tyre inflation and 1.5 s for tyre deflation as applied to
the appointed pressure range of 1.8–2.3 bar.

The actual works within the project ADTYRE are connected with refinement of
the control strategy with adaptation to driving conditions and parameters of driving
environment. Of particular interest are integrated functions of vehicle dynamics
control through the tyre pressure alteration. The related approach proposes (1) stand-
alone operation of the TPCS with partial carrying-out of the anti-lock braking and
traction control functions (reduction of wheel slip through the change of tyre
pressure) and (2) integration of the TPCS with the electronic stability control system
to demonstrate the gain in yaw stabilization by cornering manoeuvres. The authors
plan to introduce the results of these investigations in further works.
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Structure Analysis and Ride Comfort
of Vehicle on New Mechanical Elastic Tire

Wei Wang, Youqun Zhao, Jian Wang and Liguo Zang

Abstract To improve the tire performance of puncture-proof, explosion preven-
tion, safety and bullet-proof, a kind of new mechanical elastic tire(MET) used for
vehicle is put forward. MET integrated tire and wheel combination is one of non-
pneumatic tire (NPT) which has potential for improved handling, grip, low energy
loss when impacting obstacles and reduced rolling resistance when compared to a
pneumatic tire. The objective of this study is to analysis the structure and ride
comfort of vehicle on the new MET. The MET is an innovative non-pneumatic
tire. So, the structure and working principle of new MET with elastic rings and
hinges are illustrated in detail. Mechanical relationship between the various
components of the wheel will be obtained by analyzing the structure and basic
principle of MET. The relationship of mechanical transmission of internal struc-
ture in the wheel is obtained under the wheels’ driving and braking working
conditions. The vehicle model concluding the MET is built in the software
ADAMS and the results is compared with those of a pneumatic tire. By
researching the MET, we can get two results. On the one hand, the new MET has
effective mechanical transmission characteristics, ensuring the normal driving of
the vehicle. On the other hand, the vehicle concluding the new MET meet the
comfortable requirements and ride comfort regularity of pneumatic tire. In high
speed, the ride comfort of vehicle concluding the pneumatic tire slightly better
than the new mechanical elastic wheel. The results of the research will provide the
theoretical support for the further experiment of the MET.
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1 Introduction

The pneumatic tire became the dominant wheel design for rolling transport shortly
after its invention by John Boyd Dunlop in 1888. The pneumatic tire brought with
it durability, reliability, and maintenance problems that are still present today.
However, the pneumatic tire may have several disadvantages; catastrophic damage
by flat while driving, requirement of maintenance of air pressure, and complicated
manufacturing processes [1]. To reduce the pneumatic tire disadvantages, several
tire engineers have attempted to develop non-pneumatic tires, such as Uniroyal
Goodrich Tire, Bridgestone, Toyo Tire and Tweel [2–5]. In this study, mechanical
elastic wheel, which has broken the boundaries of the traditional wheel and tire
and integrated them in one body, is a special kind of the non-pneumatic tire. The
mechanical elastic wheel aims at performance levels beyond those possible with
conventional pneumatic technology because of its structural design, added sus-
pension, and decreased rolling resistance. It delivers pneumatic-like load-carrying
capacity, ride comfort, and as it has no pressurized air cavity, it cannot fail by loss
of air pressure. Structural analysis of the non-pneumatic tire is rarely found in the
literature [6]. Ju et al. developed the finite element models of non-pneumatic tires
with cellular shear band and investigated one dimensional contact pressure [6] and
computation method and nonlinear finite element analysis of Tweel [7, 8]. Thus,
the objectives of this chapter are first, to describe a non-pneumatic structure that
exhibits the same critical characteristics; second, to analysis the structural of the
non-pneumatic tire to explain the relationship of mechanical transmission of
internal structure; and finally, the ride comfort of vehicle on the MET is compared
with those of a pneumatic tire.

2 The Structure and Working Principle of New Mechanical
Elastic Tire

2.1 The Structure of New Mechanical Elastic Tire

MET is composed of the driving apron, elastic rings, the combo cards of elastic
rings, hub, return spring, pins, hinges and other accessories. Its structure is shown
in Figs. 1 and 2.
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(1) Twelve combo cards of elastic rings are distributed with the same angle and
combined and locked a plurality of elastic rings together, as shown in Fig. 2.

(2) By burying vulcanization in the rubber layer of driving apron and inner layer
of cord fabric, the elastic outer-wheel is built.

(3) The hub is put in the middle of the elastic outer wheel. One end of 12 groups
of hinges is respectively installed with pins on the pin seat of the combo cards
of elastic rings of the elastic outer wheel inner side. The other end of them is
installed on the bolt hole of wheel hub.

(4) A return spring at the bottom of the third hinge connected to the hub. In free state,
the groups of hinges are slightly bending deflection. Because of ground shocking
and the driving and braking torque, the hinges are curved in the vehicle driving
process. The curved hinges can be returned through the return spring.

2.2 The Working Principle of New Mechanical Elastic Wheel

(1) The load and torque by axle passed the hub make the groups of hinges from
flexuosity to pretension state. Then, the hinges pull the elastic outer-wheel.
The force is making the wheel roll.

Fig. 1 Wheel geometry
model

Fig. 2 The connection
diagram of elastic ring
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(2) The hub relying on the pull from the hinges hang into the outer-wheel and
move down a distance due to vertical load. The hinges under the hub don’t
subjected to force and are slightly curved. The upper part of elastic outer-
wheel due to the downward pull from the hub, outer-wheel transform into the
appropriate class of elliptic elastic deformation with setting range.

(3) Because of outer-wheel transforming into elliptic, the deformation of MET is
different from local deformation of the pneumatic tire under the driving pro-
cess. It shows the rolling resistance and energy consumption of MET is much
smaller than that of the pneumatic tire and mechanical efficiency is much
higher than that of the pneumatic tire.

(4) The MET under the loading driving process, the force of each groups of hinges
is from the tension gradually to the slightly bent not force, then to the tension,
cycle replacement cycle. Because of the hub is put in the middle of the elastic
outer wheel, the most of incentive of road roughness can only be suffered by
the elastic outer-wheel. Because of deformation of the outer-wheel and the
instantaneous curvature of each groups of hinges, incentive of road roughness
cannot be sent to the wheel hub. The MET has a specific mitigation and
buffering isolation performance different from the pneumatic tire.

3 Mechanical Transmission Characteristic Analysis
of Met Structure

In order to more accurately describe the internal structure mechanics transmission
characteristic of the MET, the mechanical characteristic under the driving and
braking condition are respectively analyzed.

3.1 Mechanical Characteristic Analysis of Met
Under Driving Condition

Mechanical analysis under driving condition is shown in Fig. 3.
Test pavement is hard. 12 groups of hinges in MET all receive tension, only

excepting the following two groups showed a slightly bending deflection. The
analysis is the same as the theory working principle. The internal structure
mechanical characteristics analysis figure of the wheel under driving conditions is
established, as shown in Fig. 4. The spring stiffness is small, and the role of it only let
the hinges bending return. So relative to the wheel vertical load and driving force, the
impact of the spring is very small, so the force of the spring will not be considered.

Mechanics theory is applied to respectively analysis the hub and outer-wheel. We
can get that the outer-wheel pulling force is the opposing force of the hub pulling
force, as shown in Fig. 4. Taking into account the 6 and 7th groups of hinges below
the hub are slightly bending deflection, so the force is very small and can be ignored
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when analyzing wheel force, Fn6 = Fn7 = Fw6 = Fw7. From the working principle
of the MET, we can draw that the pull of the upper of elastic outer-wheel suffered
from hub to surface is larger than the lower of elastic outer-wheel. In the driving
conditions, the mechanical equations of hub and outer are as follows:

hub:

X

12

i¼1

Fniy þW ¼ 0

X

12

i¼1

Fniei þMd ¼ 0

ð1Þ

outer:

X

12

i¼1

Fwiy ¼ W

FZ ¼ W

Ma ¼ Fb � Fx

J€h ¼ Md � FdR�Mf

ð2Þ

Md

¦ È

Mf

Fz

Fd

Fx

W

Fig. 3 The analysis under
driving condition

ei

2 12

7

Fni

Fniy

Fnix

Fwi
Fwix

Fwiy

Fig. 4 The internal structure
analysis
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where, i represent the number of groups of hinges (number sequence as shown in
Fig. 4), Fni is the tension of a group of hinges to the hub, Fnix is the component of
Fni in the X direction, Fniy is the component of Fni in the Y direction, W is the
vertical loading, Fwi is the force from a group of hinges to the outer-wheel, Fwix is
the component of Fwi in the X direction, Fwiy is the component of Fwi in the Y
direction, ei is the lever arm of Fni, Md is the drive torque acting on the hub, M is
the quality of the MET, J is the inertia moment from the wheels to the center axis,

a is the acceleration of the MET, €h is the angular acceleration of the MET, Fd is
the driving force from the ground to the wheel, Fx is the horizontal force that the
drive shaft acts on the MET, Mf is rolling resistance moment, R is the wheel
radius.

Because the hub and the outer-wheel are connected by hinges in the MET, in
stress situations, the hinges are inevitable after the transition from a free bend to
the pretension state and the process will produce a lag angle.

According to the geometric relationship in Fig. 5, the lag angle a is solved in
4ABO. In the figure, R1 is the distance from the wheel center to the end of third
hinge, r is the radius of hub, d is the length in the pretension state of hinges.
R1 = R-D1-L1, D1 is the thickness of the wheel outer ring, L1 is a base length of
the hinge and the elastic ring connected.

From the cosine theorem:

a = arccos[(R2
1 + r2 - d2Þ=ð2� R1 � r)]� 180=p¼ 7:8� ð3Þ

where, R ¼ 390 mm; D1 ¼ 35 mm; L1 ¼ 12 mm; r ¼ 192 mm; d ¼ 155 mm.The
angle makes the wheel from stationary to start. The inner-wheel and outer-wheel
must go through a relative motion lag, and the process is clutch half joint state. In
this state, the torsional vibration of transmission where the clutch will be greatly
relieved due to the presence of lag angle. This is a thorough reform contrasting to
the pneumatic tire, and it is important to design and research for off-road vehicle
wheel.

r

R1 d

oB

A

¦ Á

Fig. 5 The lag angle
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3.2 Mechanics Characteristic Analysis for Elastic Wheel
Under Braking Conditions

Figure 6 is mechanical analysis diagram under braking condition. In the diagram,
rolling resistance torque and inertia torque of deceleration time are negligible.

Mechanics analysis under braking condition is similar as driving condition.
When the wheel suffers from braking torque, in fact, the hub suffers from the
torque. The wheel still moves forward and the outer wheel to the hub has relative
motion. Its internal structure mechanical characteristics are as shown in Fig. 7, the
mechanical equations of hub and outer in the braking conditions are as follows:

Hub:

X

12

i¼1

Fniy þW ¼ 0

X

12

i¼1

Fniei þMb ¼ 0

ð4Þ

Outer:

X

12

i¼1

Fwiy ¼ W

FZ ¼ W

Ma ¼ Fb � Fp

J€h ¼ Mb � FbR

ð5Þ

where Mb is the brake torque, Fb is the braking force from the ground to the wheel,
Fp is the thrust from the axle to the wheels. When the wheel converted from the
driving state to the braking state, it will be accompanied by a 2a relative

Mb

¦ È

Fz

Fd

Fx

W

Fig. 6 The analysis under
braking condition
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movement of the inner-wheel and outer- wheel. The process is great significance
for the relief of the braking load transfer impact.

4 Vehicle Ride Quality Simulation Comparison

In this paper, the mechanical elastic wheel model and the vehicle model are built
in the using ADAMS. In this chapter vehicle model, ride comfort of vehicle
between mechanical elastic wheel and pneumatic tire are comparative analyze.
The vehicle is set in the B road at 60 km/h speed. Comparing the results of ride
quality based on the mechanical elastic wheel vehicle centroid and the general tire
vehicle centroid, we can get the acceleration curves of the X axis(vertical), Y axis
direction(lateral) and Z axis direction(radial) shown in Figs. 8 and 9.

Using the Fast Fourier Transform (FFT) function of ADAMS post-processing to
put the each direction acceleration curves into the acceleration power spectral
density curves, and then the curves are obtained, shown in Figs. 10 and 11. It can
be seen from the figure: the level X, Y direction acceleration power spectral
density peak value of the vehicle based on the mechanical elastic wheel appear
near the 4.2 and 10.7 Hz position, avoiding 0.5*2 Hz sensitive range; while, the
X, Y direction acceleration power spectral density peak of the vehicle based on the
pneumatic tire appears near the 5.6 and 11.5 Hz position, also avoiding 0.5*2 Hz
sensitive range. From Figs. 10 and 11, we can see the vertical Z acceleration
power spectral density peak of the vehicle based on the mechanical elastic wheel

ei
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Fig. 7 The internal structure
analysis
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appears near the 1.1 Hz position, avoiding 4*12.5 Hz sensitive range. While, the
vertical Z acceleration power spectral density peak of the vehicle based on the
pneumatic tire near the 2.5 Hz position, also avoiding the sensitive range of
4*12.5 Hz.

From the analysis above, mechanical elastic wheel can replace the role of the
pneumatic tire in Ride Comfort. According to the ISO 2631-1:1997 (E) standard,
each axial frequency weighting function Wðf Þ is get from the formula 6. The each
axial weighted acceleration mean square value axw, ayw,azw are obtained according
to the formula 7 and 8 in the ADAMS post-processing.

Wkðf Þ ¼

0:5 ð0:5� f \2Þ
f=4 ð2� f \4Þ
1 ð4� f \12:5Þ
1:25=f ð12:5� f \80Þ

8

>

>

<

>

>

:

ð6Þ

aw ¼
Z 80

0:5
W2ðf ÞGaðf Þdf

� �

1
2

ð7Þ

av ¼ ½ð1:4axwÞ2 þ ð1:4aywÞ2 þ a2
zw�

1
2 ð8Þ

In the same method, the each axial weighted acceleration root-mean-square
value and the total weighted root-mean-square acceleration are obtained at 40, 50,
70 km/h speed, the results are showed in Tables 1 and 2.

The results can be obtained from the two tables:
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Fig. 9 The acceleration curves of the X axis, Y axis and Z axis on pneumatic tire
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(1) As the speed increasing, the weighted acceleration root-mean-square value
becomes large. It means that the ride comfort of the vehicle decreased with
speed increasing. The ride comfort of the vehicle based on the pneumatic tire
at the different speed is slightly better than that of the mechanical elastic
wheel, but the ride Comfort of the vehicle based on the mechanical elastic
wheel satisfy with the regularity of the ride comfort of the vehicle based on the
pneumatic tire and conform with the characteristics of the pneumatic tire.

(2) According to the weighted acceleration root-mean-square value and human
subjective feeling: when weighted acceleration aw is less than 0.315 m/s2, the
body is not uncomfortable. No matter based on the mechanical elastic wheel or
pneumatic tire, the body is not uncomfortable when the vehicle speed is less
than 60 km/h in B road. The mechanical elastic wheel is committed to
improve the controllability and stability of vehicle. So when the vehicle with
mechanical elastic wheel drive at the speed of 70 km/h, driver’s seat vibration
response exceeds slightly the limit and the body has some uncomfortable.
When the vehicle with the pneumatic tire drive at the speed of 70 km/h,
driver’s seat vibration response do not exceed the limit, the human feel
comfortable. So, the ride comfort of mechanical elastic wheel under the
condition of high speed needs to be improved.
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Fig. 11 The acceleration power spectral density curves of the X axis, Y axis and Z axis on
pneumatic tire

Table 1 The each axial weighted acceleration root-mean-square value on MET

Speed (Km/h) axw (m/s2) ayw (m/s2) azw (m/s2) av (m/s2) Human subjective feeling

40 0.0799 0.0468 0.2237 0.2585 Comfortable
50 0.0869 0.0539 0.2454 0.2841 Comfortable
60 0.1015 0.0715 0.2484 0.3032 Comfortable
70 0.1163 0.0762 0.2671 0.3305 Some uncomfortable

Table 2 The each axial weighted acceleration root-mean-square value on pneumatic tire

Speed (Km/h) axw (m/s2) ayw (m/s2) azw (m/s2) av (m/s2) Human subjective feeling

40 0.0639 0.0388 0.1422 0.1766 Comfortable
50 0.0768 0.0443 0.1451 0.1909 Comfortable
60 0.0896 0.0507 0.1543 0.2111 Comfortable
70 0.0984 0.0649 0.2445 0.2950 Comfortable
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5 Conclusions

In this study, we suggested mechanical elastic wheel with hinges. Major findings
on the study are as follows:

(1) Under the wheels’ driving and braking working conditions, inner-wheel and
outer-wheel are respectively mechanical analyzed. The relationship of
mechanical transmission of internal structure in the wheel is obtained. The
results show that the new wheel has effective mechanical transmission char-
acteristics, ensuring the normal driving of the car.

(2) The vehicle model concluding the new mechanical elastic wheel is built in the
software ADAMS. The result shows that the vehicle concluding the new
mechanical elastic wheel meet the comfortable requirements and ride comfort
regularity of pneumatic tire. In high speed, the ride comfort of vehicle con-
cluding the pneumatic tire is slightly better than the new mechanical elastic
wheel. The results could be used as the thesis reference for design and
improvement of new mechanical elastic wheel.
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Part IV
Vehicle Controls on Handling and Stability



Active Compensation of Friction
in Electric Power Steering

Tsutomu Tamura, Aris Maroonian and Robert Fuchs

Abstract The basic concept of the so-called MS mimic control strategy is
developed and applied to a column assist electric power steering (C-EPS) in this
paper. In this strategy, the friction of the assist column only is compensated
assuming that the friction effects can be lumped into a single equivalent friction
model and that its parameters are known and constant. The friction of the rack-
pinion gear remains as in a manual steering system (MS). This strategy is of
interest as the significant friction of the worm gear is compensated with the
available sensors and actuators. This study addresses the potentials of an active
compensation that could be generalized to the rack and pinion gear.

Keywords Vehicle dynamics � EPS � Steering feel � LuGre friction model �
Friction compensation
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1 Introduction

Friction is known to deteriorate the dynamic characteristics of electric power
steering (EPS) with effect on the ‘‘steering feel’’. It is the design constrain of no
backlash that requires the gear elements to be preloaded resulting in additional
friction. More generally, friction in EPS is found at the gear meshes, the bearings,
the rack bushes and the yoke support. Apart from altering the EPS sensitivity
characteristic, friction influences the mechanical design resulting in tradeoffs well
known in the industry. Furthermore, torque assisting control strategies often are
based on the loose assumption of no friction limiting the tuning capability.
Reducing the gap between the ideal frictionless EPS and an off-the-shelf EPS has
not yet been addressed formally. Three complementary approaches are available to
engineers to deal with friction in steering system (from the steering wheel to the
wheel) of ground vehicle:

• Reduction of mechanical losses of independent components.
• Relative reduction of friction torque by increasing the wheel reaction (wheel

castor and camber angles, etc.).
• Active compensation by mean of evolved control of the assist motor.

The first approach has been and is still one of the main design objectives for
engineers of the steering supplier and the vehicle maker. The second is part of the
core knowledge of the chassis engineers and is key to defining the vehicle dynamic
behaviour. The third has not yet been explored. Commonly found methods for
alleviating the effect of friction in EPS are based on assist motor angular speed
dependent friction compensation [1] and the application of lead term in the current
controller of the assist motor. These compensations are limited as empirically
based and result in time consuming tuning procedure.

This paper introduces a first basic investigation on the active friction com-
pensation of EPS. A previous work from the same authors presented an experi-
mentally validated model of the dynamics of an EPS [2]. The LuGre model [3] was
chosen for representing the friction because of its continuous formulation enabling
the application of control theories and already widely exploited in robotics and
machine tools [4, 5].

Friction compensation is investigated with the perspective of relaxing the
tuning work, thus saving time. Furthermore, by achieving effective friction com-
pensation, the mechanical design rules could be modified with, for examples,
relaxed tolerances and the model-based control of steering will be closer to the
ideal frictionless case. Nevertheless, steering, for the driver, is a subjective notion
commonly referred to as ‘‘steering feel’’. While friction compensation can be seen
as a technical achievement, the value for the driver is likely to be found in the
ability to design and control the EPS characteristic for a subjective optimal
steering feel [6].

214 T. Tamura et al.



The remaining of this paper is organized as follows. The objectives of this work
are presented in Sect. 2. Section 3 shows the structure of the EPS chosen. The
model of the steering dynamics is summarized in Sect. 4. The friction compen-
sation is developed in Sect. 5. The developed controller is experimentally vali-
dated on a power column test bench in Sect. 6. The controller is also validated on a
vehicle dynamic simulation in Sect. 7. Finally, conclusions are given in Sect. 8.

2 Objective

By active friction compensation, it is mean the compensation of the mechanical
friction found in an EPS with a feedback control using the assist motor as the
actuator and the sensors available. Ideally, no additional sensor or modification of
the existing hardware should be made for achieving this compensation. The
modification of the hardware would be justified in the case of significant perfor-
mance improvement only.

The objective is to increase the open-loop sensitivity of the EPS. An EPS can
be seen as an actuator, which input is the driver torque applied to the steering
wheel and the output the force developed by the rack to the wheels. Formally,
sensitivity is the ratio between the output and the input signals. This will be the
ratio of the rack force versus the steering wheel torque for a driver input of an
EPS. The opposite definition can also be used for describing the sensitivity to a
road input.

The sensitivity of an EPS is nonlinear for various reasons. First, the friction of
the mechanical system causes the sensitivity to be null or close to zero for small
inputs. Because of friction, the driver should apply a bias torque to the steering
wheel for his command to be transmitted to the wheels. Also, small vibrations of
the wheels are not transmitted to the driver affecting the ‘‘road feel’’. Hence,
friction filters small amplitude signals. Active friction compensation will enable
small amplitude signals to be transmitted and therefore to render the EPS closer to
the ideal frictionless actuator. Second, the assist control generates a torque, which
is not proportional to the driver torque.

The basic concept of the so-called MS mimic control strategy is developed and
applied to a column assist electric power steering (C-EPS) in this paper. In this
strategy, the friction of the assist column only is compensated assuming that the
friction effects can be lumped into a single equivalent friction model and that its
parameters are known and constant. The friction of the rack-pinion gear remains as
in a manual steering system (MS). This strategy is of interest as the significant
friction of the worm gear is compensated with the available sensors and actuators.
This study enables the development of an active compensation that could be
generalized to the rack and pinion gear.
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3 Structure of the C-EPS

Figure 1 shows the structure of the column assist electric power steering actuator.
This system is composed of

• a torsion bar used as a torque sensor for detecting the driver input torque,
• a DC motor and an ECU (electric control unit) for generating the assist torque

corresponding to the driver torque,
• a worm gear for amplifying the motor torque,
• an intermediate shaft with two universal joints for transmitting the combined

torque of the driver and the assist motor to the pinion gear and
• a rack and pinion gear for converting the motion from rotation to translation.

The parts located above the intermediate shaft form, what is called, the column.
A C-EPS can be seen as a manual steering with an assist module located on the
column. The available sensors are indicated in the same figure.

4 C-EPS Model

4.1 Simulation Model

Figure 2 shows the 8-dof (degree-of-freedom) structure of the C-EPS model
introduced in [2]. Because of its high accuracy and relative complexity, it is

Angle sensor

Motor current and angle sensor

Torque sensor
Worm gear

Assist motor

Torsion bar

Intermediate shaft

Rack and pinion

Universal joint

Fig. 1 Assembly view of JTEKT C-EPS and the available sensors
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considered as the simulation model or plant model. The inputs and the outputs of
the system are the steering wheel torque Tsw, the rack axial force Fld, and the assist
torque command Ereq. In this figure, J and M represent the rotational inertias and
the masses, x and v the angular and the translational velocities, k and c the
stiffness and the damping coefficients. The frictions at the mesh points of the worm
gear and of the rack and pinion gear Fcf,ww,Fcf,wg,Fcf,p,Fcf,r as well as that at these
gear support bearings Tf,ww, Tf,wg, Tf,p and at the rack guide Ff,gr are considered.
The suffix sw indicates the steering wheel, m the assist motor, ww the worm wheel,
wg the worm gear, u1 and u2 the universal joints, p the pinion gear, r the rack gear,
tb the torsion bar and int the intermediate shaft.

This model has been experimentally validated in both static and dynamic
conditions. Its characteristics are summarized as follows:

1. The representation of the friction transitions static to dynamic with the appli-
cation of the LuGre model.

2. The replication of the efficiency in the two powerflow directions of the gear
elements with a load dependent meshing friction model.

Steering Wheel
Jsw , ωsw

Worm Wheel
Jww , ωww

Worm Gear
Jwg , ωwg

Universal Joint 1
Ju1 , ωu1

Universal Joint 2
Ju2 , ωu2
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ktb

Ereq

ku1

ku2

kcw

km

kint

kcrp

cmctb

cu1
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cu2

ccrp

ccw

Assist Motor System

Power Column

Rack & Pinion Gear

Tf,ww

Tf,p

Fcf,ww Fcf,wg

Tf,wg

Ff,gr

Fcf,p

Fcf,r

Assist Motor
Jm , ωm

ECU

Fig. 2 Structure of the
C-EPS model
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3. The prediction of the friction induced hysteresis of the standard steering torque
versus angle characteristic (Fig. 3).

4. A validated bandwidth of 5 Hz for a direct input and 15 Hz for an inverse input.

4.2 Control Model

A control model obtained from the reduction and simplification of the simulation
model is required for the synthesis of the compensation controller. The power
column originally represented as a 4-dof model is reduced to a 2-dof system as
illustrated in Fig. 3. The three inertias, the worm wheel Jww, the worm gear Jwg and
the motor Jm, are lumped into the lower column inertia Jl. The two equations of
motion write:

Jsw _xsw ¼ Tsw � Ttb ð1Þ

Jww þ ðJwg þ JmÞi2g
� �

_xl ¼ Ttb þ Tload þ Taig� s0lF0
rww

sinðcwÞ sinðbwÞ
ð2Þ

where Tsw is the steering wheel torque, Ttb the torsion bar torque, Tload the load
torque from the rack, Ta the worm gear torque by the assist motor, F0 the preload
force, l the lumped friction coefficient of the power column which includes the
friction coefficient of the worm gear mesh and the bearings, rww the worm wheel
pitch radius, bw the worm gear pressure angle, cw the worm gear lead angle. The gear
ratio i, defined as xwg/xww, and the efficiency of the worm gear g are represented as:

i ¼ rww

rwg

1
tanðcwÞ

ð3Þ

Steering Wheel
Jsw , ωsw

Worm Wheel
Jww , ωww

Worm Gear
Jwg , ωwg
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Ereq

ECU
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Ta

(a) Simulation model (4-dof) (b) Control model (2-dof)

Fig. 3 Model of the power column of the C-EPS
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g ¼ tanðcwÞ
cosðbwÞ � s1l tanðcwÞ
cosðbwÞ tanðcwÞ þ s1l

ð4Þ

with rwg representing the worm gear pitch radius.
Because of the preload, single and double contact configurations are defined

depending on the torque transmitted. This is modelled with the parameters s0 and
s1, which account for the difference between the initial contact force N0 from to
the preload and the variation of the contact force dN1 or 2, defined as a function
of Ttb, Tload, Ta and . Table 1 summarizes the condition of each contacting
configuration.

Simulation results in quasi static condition of the worm wheel torque and the
contact force versus the worm gear torque are shown in Fig. 4 in the two condi-
tions of the gear with and without preload. The initial contact force defined by the
preload and illustrated in Fig. 4b, generates a static friction at the gear mesh. As a
consequence, a null sensitivity region appears for small values of worm gear
torque (Fig. 4a). In other words, the worm gear torque is not transmitted until it
overcomes the static friction caused by the preload. A second point of interest is
the discontinuity observed in both figures originating from the change from a
double to a single contact configuration. Also, the increasing width of the hys-
teresis with the worm gear torque illustrates the load dependent friction charac-
teristics of this gear.

In terms of ‘‘steering feel’’, the EPS responses for small driver torque input as
well as the ‘‘on-center’’ condition are particularly important justifying the com-
pensation of friction.

5 MS Mimic

The objective of the MS mimic control strategy is to replicate the same response as
that of a manual steering. To this end, the assist motor should supply a torque for
alleviating the effect of friction in the power column according to the gear contact
configuration. Because an experimentally validated friction representation is
available [3], a model-based friction compensation scheme is adopted.

Table 1 Condition of the contact state

Case Condition s0 s1 Contact state

(a) N0 � dN1or2j j[ 0 1 0 Double contact
(b) N0 � dN1or2j j � 0 and dN1� 0 0 1 Single contact (Positive worm gear torque)
(c) N0 � dN1or2j j � 0 and dN1� 0 0 -1 Single contact (Negative worm gear torque)
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5.1 MS Mimic Control Strategy

Figure 5 shows the block diagram of the MS mimic control strategy. The proposed
model reference tracking control is a composed of friction compensation and a PI
controller. The friction compensation controller inputs are the torsion bar torque
Ttb and the assist motor angular speed reference xm,ref, which is defined by the
reference model composed of a MS and a vehicle model. The friction compen-
sation block outputs the assist torque command Ta,FC according to the estimated
friction loss in the power column. The PI controller is used for improving the
robustness of the friction compensation with regard to unmodeled time varying
parameters. The assist motor torque command Ta results from the combination of
the friction compensation Ta,FC and the PI controller effort Ta,PI.

5.2 Friction Compensation

The objective of this control is to modify the dynamics of the column (2) in such a
way that the resulting dynamics seems frictionless. This can be formulated with
the following relation.
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Jl þ ðJwg þ JmÞi2
� �

_xl ¼ Ttb þ Tload ð5Þ

Two compensations schemes are developed because of the two contacting
configurations. First, for the double contact configuration or small transmitted
torque (case a in Table 1), the assist motor should generate a compensation torque
corresponding to the third term of (2) as follows.

Ta;FC ¼
1
i

F0rww

sinðcwÞ sinðbwÞ
l̂ ð6Þ

where, l̂ is the estimated friction coefficient from the LuGre friction model. The
input of the LuGre model is the sliding velocity vs along the friction angle of the
worm gear.

vs ¼
rwgxm

cosðcwÞ
ð7Þ

The net contact force is constant in this configuration because when the force on
one side increases, it decreases on the other side.

Second, for the single contact configuration or high transmitted torque (case b
and c in Table 1), the assist motor should generate a compensation torque so as to
satisfy (5). For that purpose, lets consider the compensation term Dx1 and Dx2 from
(2).

Jl

ĝ
þ Dx1 þ ðJwg þ JmÞi2

� �

_xl ¼
Ttb þ Tload

ĝ
þ Dx2 ð8Þ

where ĝ is the estimated worm gear efficiency based on (4) and function of l̂. From
(5) and (8), Dx1 and Dx2 are defined respectively as follows

Dx1 ¼ Jl 1� 1
ĝ

� �

ð9Þ

Dx2 ¼ ðTtb þ TloadÞ 1� 1
ĝ

� �

ð10Þ

The total torque that should be supplied by the assist motor can be written as

Ta;FC ¼
1
i
�Dx1 _xl þ Dx2ð Þ ð11Þ

It shows that the compensation torque is a function of the external torque, the
acceleration and the efficiency of the worm gear, which depends on the contact
force. Therefore, in order to realize the proposed friction compensation, it is
necessary to estimate the following unavailable states.

• Column friction coefficient l
• Column load torque Tload

• Acceleration of the column _xl
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The column acceleration can be calculated from the differentiation of the assist
motor angular speed and the gear ratio (3). Observers are required for the friction
coefficient and the load torque.

5.3 LuGre Friction Coefficient Observer

The LuGre model is applied for estimating the column friction coefficient. It is
formulated as a function of the gear sliding velocity vs and the bristle deflection p:

l ¼ r0pþ r1 _pþ r2vs ð12Þ

_p ¼ vs � r0
vsj j

g vsð Þ
p ð13Þ

gðvsÞ ¼ lc þ lba � lcð Þe� vsj j=vsbð Þ2 ðÞ14Þ

where lc is the Coulomb friction coefficient, lba the peak friction coefficient, vsb

the Stribeck velocity, r0 and r1 the contact stiffness and damping coefficients in
the tangential direction and r2 the viscous friction coefficient. Typically, these six
parameters, related to the bristle state, are experimentally identified. The input of
the LuGre model is the slip vs, which is calculated from (7) with the assist motor
angular speed and the gear ratio (3).

5.4 Load Observer

The column load is defined from the wheel torque generating a force to the rack Fld

(Fig. 2) and transmitted through the rack and-pinion gear and the intermediate shaft.
A vehicle and a rack and pinion gear model are required for defining that load.

Depending on the considered operation condition of the steering system, dif-
ferent models of the vehicle are available. As the on-center operation is essentially
defined for small driver torque inputs where the friction effect is dominant, the
nonlinear traction characteristics of the tire and the geometry of the steering
linkage can be neglected. In that condition, a two-wheel vehicle [7] with a rack and
pinion gear model [2] is sufficient. Such observer will need the assist motor
angular speed xm as input for calculating the estimated column load torque Tload.

6 Controller Validation with Power Column Test Bench

The MS mimic control strategy is validated on a power column test bench.
Figure 6 shows the experimental setup. The power column is loaded with a tor-
sional spring in place of the actual rack load. A spring constant of 0.6 Nm/rad was
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selected so that the effect of friction remained dominant against the generated load.
The input torque is applied with a servo motor. The input and the output torques
are measured with two torque sensors. The angle of the assist motor is measured
with an encoder. Both the control functions and the sensors monitoring are made
on a dSPACE platform. A sinusoidal torque input of small amplitude (1 Nm) and
low frequency (0.1 Hz) is applied. Note that the conventional steering assist map is
not adopted in this test.

Figure 7 shows the open loop performance of the power column (no friction
compensation). The nonlinearity of the output torque response is observed at each
transition when the input torque gradient sign varies (Fig. 7a). Consequently,
discontinuity of the power column angular speed is observed (Fig. 7b). Figure 8
shows the result of the friction compensation. The nonlinearity of the output torque
is eliminated (Fig. 8a) and the assist motor angular speed tracks the reference
signal (Fig. 8b). Figure 8c shows that the friction compensation works effectively
as the compensation term is greater than the PI controller effort. This is true in
laboratory conditions where the friction characteristics have been identified. In
actual situation, the effort of the PI controller is expected to be more significant.
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Fig. 6 Test rig set up for friction compensation
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7 Controller Validation with Vehicle Simulation Model

The MS mimic control strategy is validated on simulation with an in-house
developed vehicle model (Fig. 9). A sinusoidal driver torque input (frequency:
0.1 Hz, amplitude: 2 Nm) is applied with conventional motor assistance. The
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vehicle longitudinal speed is kept constant at 30 km/h. The steering wheel angle
and the vehicle yaw rate are simulated. The blue and the black lines show the
response of the standard C-EPS (no friction compensation) and MS respectively.
The red and the green lines illustrate the MS mimic control responses with the
identified and with a 20 % higher friction parameters set. These results demon-
strate the capability and robustness of compensating the power column friction
embedded in a vehicle without any additional actuator.

8 Conclusion

The basic concepts of the so-called MS mimic control strategy has been developed
and applied to a column assist electric power steering (C-EPS). In this model
reference tracking control, the friction of the assist column is compensated based
on an accurate representation of the friction with the LuGre model. The strategy is
validated on a test bench. Test results show that the friction compensation is
effective in alleviating the nonlinear characteristics caused by friction. The MS
mimic strategy is also validated on a vehicle model demonstrating promising
performance improvement without additional hardware cost.

In terms of the implementation of the proposed control on actual vehicle,
stability, requirement of the sensor resolution and measurement limitations should
be addressed. Moreover, adequate reference model definition should be clearly
defined as having significant effect on the compensation of friction.
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Vehicle Lateral States Estimation
Using Kalman-Bucy Filter

Jin Zhao, Rongchen Zhao and Feng He

Abstract This work concentrates on the estimation problems of vehicle lateral
states. Based on the two-degree-freedom vehicle model, considering the impacts of
the vehicle longitudinal velocity to the vehicle lateral states, we propose a vehicle
lateral state observer using the Kalman-Bucy filter. The proposed observer was
verified by the simulation experiments. The results show that the proposed method
can effectively provide accurate estimation of the vehicle lateral velocity and yaw
rate, and filter the process noise and measurement noise as well.

Keywords Vehicle lateral dynamics � Vehicle state estimation � Kalman-Bucy
filter � Yaw rate � LTV system

1 Introduction

The vehicle state observation is an important issue in vehicle system dynamics,
and it is also one of the key technologies for vehicle dynamics control. In the
applications of vehicle lateral control, such as the Four Wheel Steering Control,
Electronic Stability Program (ESP), Active Roll Control, need the vehicle yaw rate
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or yaw angle as the very important control input. Although these states can be
measured by the gyroscope sensor or other non-contact optical sensors, due to
the limitations of sensor accuracy, cost, reliability and install requirement, these
systems can be only equipped in the high-end models. Using state estimation, the
yaw rate can then be estimated (indirectly measured) through other already
equipped and low cost sensors, such as lateral acceleration sensor [1].

It should be noted that state estimation is also one of the key technologies for
onboard fault diagnosis. Nowadays, the vehicles become more and more intelli-
gent. A large number of vehicle motion control systems are used to improve the
vehicle performance. This puts forward higher requirements of vehicle reliability.
According to the configuration of vehicle sensor system, the physical sensors
measure the vehicle states, at the same time, we using estimation technology to
monitor these states. Thus, this will help us to find out the sensor faults imme-
diately and effectively, and the reliability of the vehicle control system can then be
improved [1, 2].

Different observation algorithms have been proposed in former literatures. For
the linear system observation, the traditional Luenberger observer and Kalman
filter are widely used. The Luenberger observer, which is based on the pole-
placement of Linear Time Invariant (LTI) system, was proposed to estimate the
states in vehicle lateral dynamics [3]. However, the problem of this method is that
the poles are shifting, caused by changers of the system parameters (for example,
the vehicle speed). In [4], the application of Kalman filter in vehicle dynamics
observation was discussed. An example of using Kalman filter to estimate lateral
velocity was introduced. Gao Z.H. proposed a ‘‘soft measurement’’ of vehicle yaw
rate by using discrete Kalman filter [5]. The results showed that the proposed
Kalman filter could provide accurate estimation of yaw rate, however, the
experiment vehicle was assumed to be a constant (22 m/s). The results under the
variations of vehicle speed have not been provided.

While, some nonlinear approaches have been also proposed, such as Extend
Luenberger observer, Extend Kalman filter and sliding-mode observer [2, 6].
Besides, some more complex nonlinear observers have been also studied, such as
H? algorithm, neural network and fuzzy logic, and etc. [7–9]. However, these
nonlinear approaches are too complicated for the real-time applications.

According to [10], the vehicle lateral dynamics can be described by the
‘‘Bicycle model’’ which is a 4th order linear time-variant (LTV) system. Although
the bicycle model is simple, it has been proved to be a good approximation for
vehicle dynamics when lateral acceleration is limited to 0.4 g on normal dry
asphalt roads. Thus, the vehicle lateral dynamic state estimation is a problem of
LTV system estimation. In this work, we try to observe the vehicle lateral dynamic
by using the continues-time Kalman-Bucy filter.
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2 Vehicle Lateral Dynamics

The vehicle lateral dynamic model is shown in Fig 1. Under the assumption of
small steering angle and yaw angle, negligible roll and pitch motion, and linear tire
model, regards the longitudinal motion as a known motion, the ‘‘Bicycle model’’
can be represented here by standard state space form [10],

_X ¼ AX þ Bd ð1Þ

where, X is the state vector, X ¼ y; _y; _w;w
h iT

; yandw denote the vehicle lateral

displacement and yaw angle respectively, d represents steering angle, and

A ¼

0 1 0 0
0 � 2Cafþ2Car

mVx
0 �Vx � 2Caf lf�2Carlr

mVx

0 0 0 1
0 � 2Caf lf�2Carlr

IzVx
0 � 2Caf l2f�2Carl2r

IzVx

2

6

6

4

3

7

7

5

B ¼ 0 2Caf

m 0 2lf Caf

Iz

h iT

The meanings of the symbols in Eq. (1) are listed in Table 1. From Eq. (1), one can
find that the system matrix A is a function of longitudinal velocity Vx. As the
vehicle speed variation is considered in our research, therefore, the ‘‘Bicycle
model’’ is a 4th order LTV system.
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Fsf

Fsr

Fig. 1 Bicycle model for vehicle lateral dynamics
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3 Kalman-Bucy Filter for LTV System

The Kalman filter is a set of mathematical equations that provides an efficient
computational means to estimate the state of a process, in a way that minimizes the
mean of the squared error.

Let us consider here LTV system defined by the following state space model:

_xðtÞ ¼ AðtÞxðtÞ þ BðtÞuðtÞ þ GðtÞwðtÞ;
yðtÞ ¼ CðtÞxðtÞ þ vðtÞ ð2Þ

where x(t) is the state vector, y(t) denotes the measured signal, u(t) is the control
input, w(t) and v(t) represent the process and measurement noise respectively. The
noises are assumed to be independent (of each other), white, Gaussian and with the
following covariance matrices:

EfwðtÞwTðt0Þg ¼ QðtÞdðt � t0Þ; EfvðtÞvTðt0Þg ¼ RðtÞdðt � t0Þ;
EfvðtÞwTðt0Þg ¼ 0; EfvðtÞexTð0Þg ¼ 0;EfwðtÞexTð0Þg ¼ 0; Efexð0ÞexTð0Þg ¼ p0

ð3Þ

where, d(t) is the Dirac delta, and x(0) is a random variable with the expected value
m0, exð0Þ ¼ xð0Þ � m0:

The filter consists of two differential equations, one for state estimate and one
for the covariance:

_̂x ¼ AðtÞx̂ðtÞ þ BðtÞuðtÞ þ KðtÞ yðtÞ � CðtÞx̂ðtÞ½ �
_PðtÞ ¼ AðtÞPðtÞ þ PðtÞATðtÞ þ GðtÞQðtÞGTðtÞ � KðtÞRðtÞKTðtÞ ð4Þ

where the second equation is a Riccati equation and the Kalman gain is given by:

KðtÞ ¼ PðtÞCTðtÞRðtÞ�1 ð5Þ

Equations (3–5) define the continues-time Kalman-Bucy estimator, which is also
the Kalman-Bucy filter [11, 12].

Table 1 Nomenclature of the bicycle model

d Steering angle (rad)
m Mass (1,485 kg)
Vx;Vy Longitudinal, lateral velocity (m/s)
Iz Yaw moment of inertia (2,872 kgm2)
lf ; lr Distance between the C.G. and the front/rear wheels (1.1/1.58 m)
Caf ;Car Cornering stiffness of the front/real wheels (Caf = Car = 42,000 N/rad)
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4 Yaw Rate and Lateral Velocity Estimation
Using Kalman-Bucy Filter

As the lateral acceleration sensor is a common sensor can be easily obtained, in our
system, the lateral acceleration €y is selected as the measure variable. Then from
Eq. (1), we can get:

€y ¼ � 2Caf þ 2Car

mVx
_yþ �Vx �

2Caf lf � 2Carlr
mVx

� �

_wþ 2Caf

m
d ð6Þ

From Eq. (6), one can find that only the state variables _y and w
g

are related with
the measured variable €y; while the state variable y and w do not have a one-to-one
mapping to the measurement €y: We eliminate the state y and w from Eq. (1). Then,
the simplified state space model for observation and measurement equation can be
given by:

_X ¼ A1X þ B1dþ G1x
€y ¼ C1X þ D1dþ t

ð7Þ

where, X is the state vector, X ¼ _y €w
� �T

€y is the measurement. d, steering angle,
is the system input. x is the process noise, x = [x1 x2]T, t is the measurement
noise, and

A1 ¼
� 2Cafþ2Car

mVx
�Vx � 2Caf lf�2Carlr

mVx

� 2Caf lf�2Carlr
IzVx

� 2Caf l2f�2Carl2r
IzVx

 !

; B1 ¼

2Caf

m
2lf Caf

Iz

0

B

B

@

1

C

C

A

C1 ¼ � 2Caf þ 2Car

mVx

� �

�Vx �
2Caf lf � 2Carlr

mVx

� ���

;

D1 ¼
2Caf

m

� �

;G1 ¼
1 0
0 1

� �

As the vehicle speed variation is considered in our research, therefore, the
vehicle state estimation problem described by Eq. (7) is a LTV system estimation
problem.At first, we need to validate the observability of the system described in
Eq. (7). The observability matrix of the system is

M ¼
N0

N1

" #

ð8Þ

where N0 ¼ C1; and N1 ¼ N0A1 þ dN0
d Vxð Þ

d Vxð Þ
dt ; Then we get,
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M ¼
a1
Vx

�Vx � a2
Vx

�a3 þ a2
1�a2a3�a1acc

V2
x

�acc � a1 � a4 þ a2acc�a1a2�a2a4
V2

x

� 	

 !

;

where acc is the vehicle acceleration, and

a1 ¼ �
2Caf þ 2Car

m
; a2 ¼

2Caf lf � 2Carlr

m
; a3 ¼ �

2Caf lf � 2Carlr
Iz

;

a4 ¼ �
2Caf l2f � 2Carl2

r

Iz

Rank of M is 2. Therefore, the system is observable.
Then, a Kalman-Bucy filter can be designed by following Eqs. (4) and (5),

which can be used to estimate the state variables lateral velocity and yaw rate by
using the lateral acceleration measurement.

5 Estimation Results

We will test the performance of the designed observer by using Matlab/Simulink.
The vehicle parameters are given in Table 1. The vehicle performs a sinusoidal
steering operation. The steering angle is given by:

d ¼ 0:1 sin
t

2:5
þ 0:1N tð Þ

� 	

ð9Þ
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where, the unit of d is rad, t denotes the time, and 0.1 N (t) represents the steering
input noise caused by the steering mechanism and uncertainties of road condition,
N(t) is assumed to be normal distribution with mean 0 and standard deviation 1,

N tð Þ�N 0;1ð Þ ð10Þ

The vehicle speed variation is described as follows: from 0 to 20 s, the vehicle
keeps a constant speed of 5 m/s (18 km/h), then the vehicle begins to accelerate
from 5 to 25 m/s (90 km/h) with an acceleration of 0.4 m/s2, finally the vehicle
keeps the final speed of 25 m/s.

The time histories of vehicle steering angle and speed variations are shown in
Fig 2.
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Figure 3 shows the plots of measured and estimated lateral acceleration. The
‘‘filtering’’ function of the Kalman filter is evident as the estimate appears con-
siderably smoother than the noisy measurement.

The true and estimated values of lateral velocity and yaw rate are shown in
Fig. 4. Although the vehicle velocity varies in a wide range, and lateral acceler-
ation measurement is noisy, the estimated lateral velocity and yaw rate can closely
follow the variations of the true values during the whole experiment period. The
designed Kalman-Bucy filter is proved to be effective in the vehicle lateral
dynamic estimation.

6 Conclusion

The proposed Kalman-Bucy filter was verified by a series of simulation experi-
ments. The results show that the proposed method can provide accurate estimation
of vehicle lateral states even the vehicle longitudinal velocity varies in a wide
range, and filter the process noise and measurement noise as well. The estimated
lateral velocity and yaw rate can closely follow the variations of the true values
during the whole experiment period. The designed Kalman-Bucy filter is proved to
be effective in the vehicle lateral dynamic estimation.
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A Study on Steering Reactive Torque
for Steer-by-Wire Vehicle Using Driving
Simulator

Motoaki Hibi, Tatsuro Kobune, Daisuke Miki, Yoshio Kano
and Masato Abe

Abstract Steering torque effects on vehicle handling quality is investigated by a
driver model based evaluation method. A driving simulator with a precise steering
torque generating device is used for this experimental study. It is found the
steering reactive torque to steering angle composed of spring, damping and spring-
friction is effective on good handling quality.

Keywords Handling quality evaluation � Driver model � Time lag � Damping �
Friction

1 Introduction

A steer-by-wire vehicle is getting within our reach. Though the steering reactive
torque has a big effect on the handling quality of the vehicle, it is not necessarily
defined so far what sort of and how much steering torque should be provided for
the SBW vehicle from the handling quality points of view. On the other hand,
there has been no generic method other than subjective sensory or feeling test by
the drivers to evaluate the handling quality itself. The purpose of this study is to
evaluate the steering reactive torque from the handling quality view points using a
novel method and contribute to the steering torque design for SBW vehicle.
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A driving simulator with the steering torque generation device is used for the
experimental study. The steering reaction torque provided is composed of pure
spring, damping and spring-friction components depending on steering angle.
Lane change tests of the vehicles with several types of steering reaction torque are
carried out. Three driver parameters, gain constant, preview time and time lag in
the steering angle control model of the driver are identified using the measured
driver-vehicle-system behavior during the lane change. It has been found in the
previous study that the indentified time lag of the driver strongly related to the
handling quality evaluation. The larger the time lag required for the driver, more
relaxed behavior in his (or her) maneuvering during the lane change is expected,
which corresponds with good handling quality.

It is found that the steering torque effects on handling quality is possible to be
evaluated by the identified driver time lag in the driver model during lane change.
The results show that spring, damping and spring-friction components are effective
for good handling quality of the vehicle and the spring-friction component is
essential for good handling quality at high vehicle speed over 100 km/h. Also it is
found that there is an optimum value for the maximum friction torque as well as
the spring constant in the spring-friction component of the steering reaction torque.

2 Steering Reaction Torque to Steering Angle

The steering torque components provided by the precise torque generating device
installed in the driving simulator are spring, damping and spring-friction elements
as shown in Fig. 1. The total steering torque is composed of the torques produced
by the above three elements and their combinations and 6 types of steering
reaction torque to steering angle shown in Fig. 2 are arranged for the evaluation of
their effects on vehicle handling quality.

The Fig. 3 shows the driving simulator system for the experimental study with
the steering reactive torque producing unit. A driver puts the steering angle to the
DPS through the unit and the DSP calculates the reactive torque command and
gives it to the unit. The driver can feel the reactive torque depending on the
steering angle through the torque producing unit.

pure spring spring-friction damping
Ks Kf

FW

C

Fig. 1 Steering torque
components
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3 Driver Model Based Evaluation

The existing first order preview driver handling model during lane change with the
block diagram is shown in Fig. 4. Here, assuming dy=dt � Vh and e�sLs �
1=ð1þ sLsÞ; we can describe the steering angle of the driver as follows:

dðsÞ ¼ � h

1þ sLs
1þ shsð ÞyðsÞ � yOLðsÞf g ð1Þ

Pure spring + dampingPure spring

Spring-friction Pure spring + spring-friction

Without torque

Pure spring + spring-friction

 +damping

Fig. 2 Six types of steering reactive torque to steering angle

Driver

Steering
torque

component
model
(DSP)

Steering 
angle

Steering 
torque

Steering 
torque 

command

Steering 
angle

Fig. 3 Driving simulator
with steering reactive torque
producing device
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We assume that sh represents the effects of the looking ahead behaviour (pre-
view behaviour) including more or less the effect of the derivative control action of
the driver and if any derivative control action in the driver behaviour is negligible,
it is regarded to be just the preview time, L/V. Based on the above, the block
diagram of the driver-vehicle model is redrawn as shown in Fig. 5 and the driver
steering characteristics become possible to be represented by the three parameters,
h, sh and sL.

The Eq. (1) is rewritten as follows:

ð1þ sLsÞdðsÞ þ h 1þ shsð ÞyðsÞ � yOLðsÞf g ¼ 0 ð2Þ

In order to find the parameters, h, sh and sL, which satisfy the Eq. (2) as much as
possible to describe the experimentally measured driver behaviour by the above
model, the following evaluation function is defined:

J ¼
Z T

0
d� þ sL

dd�

dt
þ h y� þ sh

dy�

dt
� yOL

� �� �2

dt ð3Þ

where, T is the time period long enough for the driver to finish the lane change.
Since a typical behaviour of the driver-vehicle system can be seen in a lane change
on a straight road, the experimentally measured time history of the driver steering
angle, d *, and the lateral displacement of the vehicle, y*, during the lane change
are used for the identification of the parameters. Then, it is possible for us to find
the parameters, h, sh and sL which minimize J by solving the following equations:

oJ

oh
¼ 0;

oJ

osL
¼ 0;

oJ

oðhshÞ
¼ 0 ð4Þ

The above equations are the first order linear algebraic equations of h, sL and
hsh and easy to be solved by h, sL and hsh, namely by h, sL and sh. The solved
parameters are the identified driver parameters with which the driver steering

Fig. 4 Driver handling model

s

h

Lτ+1

shτ+1

0Ly y

Driver

Vehicle
+
−

Fig. 5 Simplified driver
model
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angle can be described by the model as close as possible to the real driver steering
angle measured.

The driver parameters are expected to reflect the vehicle handling evaluation
which depends on the vehicle handling characteristics. As h and sL represent
responsiveness of the driver, if a vehicle stationary gain is small the driver is
required to increase h to compensate for smaller stationary gain. If a vehicle is
dynamically responsive, larger sL is allowable for the driver to control the vehicle.
The larger the time constant, sL, is, the more relaxed the driver behaves during his
(or her) maneuvering. The derivative time sh represents a level of the derivative
action to stabilize the less stable vehicle motion or to compensate for the delay of
the driver response due to larger sL. This is equivalent to preview behaviour of the
driver by looking ahead of the vehicle. A larger value of required sh means a
heavier tension on the driver and causes larger work load to the driver due to
stabilizing less stable characteristics of the vehicle or to compensating for larger
delay of the driver response characteristics. The previous studies [1–4] have shown
that especially sL is strongly related to the vehicle handling quality evaluation of
the drivers. A large value of s corresponds to a good handling quality.

4 Effects of Steering Torque on Handling Quality

An experimental investigation is carried out to find how the six types of steering
reactive torque mentioned earlier affect on the handling quality of the vehicle. The
lane change test course on which the evaluation is conducted with the driving
simulator is shown in Fig. 6.

The driver parameters are identified using the measured driver behaviour and
the vehicle path during the lane changes. The attentions are focused on the driver’s
time lag identified for the evaluation of the handling quality. The averaged relative
value of the identified time constant of first order lag of 10 drivers is shown in
Fig. 7 for each steering reactive torque. The Fig. 8 shows the average value of the
driver’s subjective rating on handling quality together with the distribution of the
identified time constant of 10 drivers for each steering reactive torque. The
identified time constant sL and the subjective rating significantly correlate with

2.
5m

Lane change
section : Lc

Straight
section Straight section

3.
0m

2.
5m

Fig. 6 Lane change test course in driving simulator
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each other and verify that the time constant sL reflects the subjective evaluation of
the steering torque effects on handling quality. The results show that the steering
torques with pure spring + damping and with pure spring + spring-friction +
damping have favourable effects on handling quality. The spring-friction com-
ponent is especially effective on good handling quality at high vehicle speed.

As the spring-friction component is effective, the effects of the spring constant
Kf and the maximum friction force FW in the spring-friction component as shown
in Fig. 9 on the handling quality are investigated in a same way as the above at
vehicle speed 60 km/h. The relations of steering reactive torque to steering angle
for various spring constant and maximum friction torque are shown in Fig. 10.

The effects of the maximum friction force FW on the averaged values of both
time constant sL and subjective rating of 10 drivers are shown in Fig. 11. Also the
effects of the spring constant of the spring-friction component Kf on the average
values are shown in Fig. 12. Again a good correlation between the identified time
constant sL and the subjective rating is recognized in the figures. From the results
obtained, it is found that there are optimum values of both maximum friction
torque and spring constant of spring-friction component from the handling quality
view point.
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The interesting point in the results obtained in this study is that the steering
torque has the effects on the driver steering angle control parameters as if the
vehicle response characteristics to steering angle input changes, even though there
is no change in the vehicle response to steering angle input itself. Actually it is
clear that the steering torque has nothing to do with the open-loop transfer function
in the control block diagram of steering angle control driver-vehicle system as
shown in Fig. 13. Even so, the drivers change their parameters according to the
steering reactive torque as though the vehicle response to steering angle input was
changed.
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Fig. 10 Steering reactive torque to steering angle for various spring constant and maximum
friction
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5 Conclusions

The effects of the steering torque components in SBW steering system on handling
quality is evaluated by the identified time lag in the steering angle control driver
model. The results show that steering torques produced by combination of pure
spring and damping and also produced by the combination of pure spring, spring-
friction and damping bring us good handling quality evaluation and the spring-
friction component is essential in the steering torque especially at high vehicle
speed. This may give us a knowledge how the spring-friction component should be
provided in the steering torque depending on vehicle speed. The optimum property
of the spring-friction component from the handling quality point of view is also
investigated.

The knowledge based on the results obtained in this study is valid only for the
case of the lane change. The handling quality evaluations in other conditions such
as on-centre handling characteristics etc. are needed. Also the validation of the
results using the real SBW vehicle is required.
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Active Camber Control

Munehisa Horiguchi, Akira Mizuno, Michael Jones
and Kayo Futamura

Abstract Current major trends in the automotive industry include vehicle weight
and size reduction, and the use of low rolling resistance tires. Along with these
trends, techniques for increasing vehicle stability have become necessary. At
Equos Research a rear camber control system has been developed which directly
makes use of roll steer to increase vehicle stability. The potential of the system has
been investigated for actual vehicles. In this report we present the details of this
system and show its potential for improving vehicle stability.

Keywords Vehicle dynamics � Camber control � Stability � Rolls steer � Lever
crank mechanism

1 Introduction

Recently, requirements for vehicle fuel economy improvement have become
increasingly stringent. Hence it is anticipated that the current trend toward smaller,
lighter vehicles and the use of low rolling resistance tires will continue. The tread
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and wheelbase of such small, light vehicles will probably be shorter, and hence
their dynamics will be more subject to the effects of lateral wind and road irreg-
ularities, for example. In addition, the reduced sidewall stiffness of low rolling
resistance tires may potentially lead to degradation in handling characteristics.

Various techniques for vehicle stability improvement, such as four-wheel
steering [1, 2] and active suspensions [3, 4] have been presented. However these
techniques are implemented not just for stability improvement, but also for
improved handling, and tend to be relatively expensive. Hence they are generally
intended for high-end vehicles.

Equos Research has developed a system which focuses on improving vehicle
stability only, by actively varying the rear wheel camber angle. The system has
been implemented using a simple mechanism on actual vehicles. In the present
chapter we present a summary of the system mechanism and control concept, and
its effect on vehicle stability.

2 System Description

2.1 Active Camber Control Concept

One way to represent the degree of stability of a vehicle is via the stability factor,
defined in Eq. (1) [5].

A ¼ � m

2l2
lf � Cf � lr � Cr

Cf � Cr
ð1Þ

The function of the Active Camber System is to increase the stability factor by
increasing the rear wheel equivalent cornering coefficient Cr. This is accomplished
by controlling the (negative) camber angle of the rear wheels, which indirectly
results in an increase in the toe angle variation due to vehicle roll (i.e., an increase
in roll steer).

In Eq. (2), Cr is represented as a combination of the tire cornering coefficient
Cpr and the amplifier er, using the method described in Murata [6] (based on the
analysis in Bundorf [7].)

Cr ¼ er � Cpr ð2Þ

The dependence of er on the cornering compliance coefficient eCCr (eCCr
encapsulates the effect of suspension) is shown in Eq. (3).

er ¼ 1
1þ eCCr � Cpr

ð3Þ

eCCr is the sum of a number of contributions, as shown in Eq. (4)

eCCr ¼ eYr þ eGsr þ eRr þ eRcr þ eYcr ð4Þ
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The above three equations reveal the way in which increased roll steer (eRr)
leads to an increase in the equivalent cornering coefficient. Figure 1 shows in
conceptual form the effect of camber setting on roll steer. Increased negative
camber results in an increase in the variance of toe angle with roll (suspension
stroke), and correspondingly an increase in the roll steer coefficient Rs. (In this
chapter, the vehicle normal camber setting is represented as ‘Nor.’, and the
increased camber setting as ‘Neg.’).

2.2 Experimental Vehicles

The Active Camber System has been developed and implemented on a number of
vehicles. An example of the overall system design is shown in Fig. 2 (in this case the
vehicle is a Lexus HS250 h.) A mechanism which provides for two camber settings
is added to the rear suspension. The signal received from the wheel speed sensors,
steer angle sensor, and the accelerometer, is processed at the camber ECU, and based
on the results of the control algorithm the appropriate camber angle is applied.

2.3 Mechanism

An active camber control mechanism was designed which allows for two distinct
camber angles. For the Lexus HS250 h, the system was implemented on the body
side joint of the trailing arm double wishbone suspension upper arm. A crank shaft,
which can be rotated using a motor, was placed in the joint. As illustrated in Fig. 3,
rotating the crank shaft (pink) moves the upper arm joint, changing the wheel
camber angle. Hence it was possible to implement the system with only a slight
modification to the existing suspension.

As shown in the figure, the crank shaft has two dead points. When the crank
shaft is at one of the two dead points the system is resistant to rotation, even during
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large lateral force inputs from the wheel, so the camber angle setting can be
maintained. By this method a self-locking, two-state variable camber system has
been realised.

For the present vehicle, when stationary, there is a compression load on the
upper arm due to vehicle weight, which leads to a natural tendency toward neg-
ative camber. Hence by taking advantage of the vehicle’s weight, negative camber
can be added when necessary using little power and within a short time. In
addition, since camber can be changed by 3� using a crank radius of 5 mm, even
during large loads only a small torque is needed to rotate the crank shaft.

The primary benefits of this design are:

1. a separate mechanism for maintaining camber angle is unnecessary;
2. a large gear ratio can be used (since the gear is not used for locking);
3. the motor/gear assembly is situated on the sprung mass, and so is not directly

subject to suspension vibrations (improving durability), and does not add to
unsprung weight.

Taking advantage of the above features, a small, simple mechanism could be
implemented. The individual components of this mechanism are shown in Fig. 4.

From right to left, the DC motor output is increased by the planetary gear
(reduction ratio: 49), and transferred to the crank shaft, which replaces the upper
arm joint. Camber is actuated by a 180� rotation of the crank shaft. The crank shaft
rotation is measured at the position sensor, and this measurement is fed back to
allow accurate camber angle control. Using this system a camber actuation time of
0.3 s has been realised.
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In the schematic in Fig. 5 the separate components of Fig. 4 are shown installed as
the completed assembly. The assembly is fixed to the suspension member using bolts.

Photographs of the right rear wheel of the vehicle with the Active Camber
System installed are shown in Fig. 6. The wheel is shown at both camber settings.

2.4 Control

The purpose of the active camber system is to increase stability. However, if the
camber is maintained at a high setting, this can have negative consequences for

DC MOTORPLANETARY GEAR

GEAR CASE

CRANK SHAFT

POSITION SENSOR

UPPER ARM

Fig. 4 System components

Fig. 5 Schematic of the
installed system assembly
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fuel economy and tire wear. Therefore control logic has been developed which
adds rear negative camber only when it is required. The control flow is shown in
Fig. 7.

Hence additional negative camber is implemented only at high speeds and
during emergency steering manoeuvres.

3 Camber Effect on Vehicle Stability

3.1 Experiment Outline

Vehicle experiments were conducted to determine the effect of rear wheel camber
on vehicle stability improvement. Two types of experiments were conducted: a
pulse steer input response experiment to determine the fundamental vehicle
response, and a single lane change experiment to determine the characteristics for

Fig. 6 The right rear wheel at both camber settings
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a more realistic driving scenario. In order to compare the effects for different
vehicles, in addition to the Lexus HS250 h, a Volkswagen Golf and Lexus RX350
were also included in the testing.

Instrumentation
The instrumentation system is shown in Fig. 8
Vehicle Conditions

Vehicles: Lexus HS250 h, Volkswagen Golf, Lexus RX350.
Crew: Driver and 1 (front seat) passenger.
Camber angles: -1.0, -4.0� (approximate).

Method

Pulse steer input response experiment (JASO Z110 [8]).
Speed: 100 km/h.
Steer input: 30� of steer applied then returned to zero within 0.3–0.5 s, followed by
3 s of zero steer.

Single lane change experiment

Speed: 80 km/h.
Lane change lateral distance: 5 m (approximately).
Lane change period: 2 s.

3.2 Pulse Steer Input: Results

The results for each of the vehicles are shown as the yaw rate gain response to
pulse steer input in the Bode plots in Fig. 9.

The vehicles’ primary parameters were also determined, and are shown in
Table 1

For all vehicles the trends were the same: stability factor and natural frequency
increased, and the phase lag decreased, with negative camber. One undesirable
effect is also apparent: the peak ratio increased (i.e., the damping coefficient
decreased).
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3.3 Single Lane Change: Results

In the x-y plots of Fig. 10 the vehicle responses are compared. From the plots it
can be seen that additional negative camber results in a reduction in the loop size,
the yaw rate response lag is reduced, and the steer angle overshoot at the end of the
manoeuvre is also reduced.

For reference the driver comments regarding the effects of camber are also
summarized below; in particular, the evaluation of high speed stability was
favorable.

• At high speed the steering firmness was improved (especially near the steer
neutral point).

• At high speed the steering response speed improved.
• At high speed the required steering correction was reduced.
• Roll was reduced.
• Yaw rate gain became milder.

4 Analysis

The amount of roll steer is determined by the roll ratio and bump steer charac-
teristics of the suspension. The roll ratio is independent of camber angle, hence the
effect of camber angle on the roll steer characteristics can be seen from its effect on
bump steer.

The variation in toe with stroke (bump steer) was determined by experiment,
and the results are shown in Fig. 11. With the addition of negative camber
the variation in toe with stroke increases, by a factor of approximately 2.3. The
increase in roll steer resulting from this additional bump steer is thought to be the
cause of the improvement in vehicle stability.
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5 Conclusions

• A system which modifies roll steer characteristics by controlling rear wheel
camber has been proposed, and its effect on vehicle stability demonstrated.

• A primary system benefit is its implementation using a simple mechanism.
• The system provides a stability factor increase in excess of 11 %.
• The system has demonstrated stability improvement for various vehicles.

Table 1 Analysis results: primary parameters

Lexus HS250 h Volkswagen golf Lexus RX350

Nor. Neg. Nor. Neg. Nor. Neg.

Stability factor [s2/m2] 0.00232 0.00255 0.00176 0.00208 0.00180 0.00226
Yaw rate gain [rad/s/rad] 0.268 0.256 0.284 0.255 0.253 0.197
Natural frequency [Hz] 1.32 1.37 1.31 1.48 1.66 1.86
Phase angle [deg] -35.0 -33.3 -37.9 -30.5 -28.1 -17.0
Peak ratio [-] 1.34 1.37 1.24 1.36 1.49 1.86

Lexus HS250h                    Volkswagen Golf                         Lexus RX350 
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Appendix

Symbol Definition Symbol Definition

A Stability factor er Rear Cp amplifier
m Vehicle mass Cpr Rear tire cornering coefficient
l Wheelbase eYr Lateral steer compliance
lf Distance from front axle to C.O.G eGsr Aligning torque compliance
lr Distance from rear axle to C.O.G eRr Roll steer compliance
C.O.G Centre Of Gravity eRcr Roll camber compliance
Cf Front equivalent cornering coefficient eYcr Lateral force camber compliance
Cr Rear equivalent cornering coefficient eCCr Rear cornering compliance coefficient
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Research on the Torque Dynamic
Distribution Algorithm
of In-Wheel-Motor Electric Vehicle

Zhengyi He, Yang Ou and Jingming Yuan

Abstract This paper focuses on developing the torque dynamic distribution
algorithm of In-Wheel-Motor electric vehicle. The algorithm is developed to
regulate the vehicle body yaw rate by changing the motor drive torque distribution
between front wheel and rear wheel. The control aim is to control the vehicle yaw
rate approach to the desired yaw rate. The proposed control strategies are evalu-
ated with simulation, and the results show that the proposed method can improve
the vehicle stability.

Keywords Four-wheel independent drive � In-wheel motor electric vehicle �
Torque distribution algorithm

1 Introduction

Vehicle chassis control of All-Wheel-Drive vehicle has made great progress in the
past decades. Bosch ESP [1] and Toyota VDC system help the Four-Wheel-Drive
vehicle achieve better handling and stability performance in emergency conditions
by using hydraulic braking system. Also some other advanced system such as
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BMW xdrive [2], Honda SH-AWD [3], Mitsubishi’s AYC [4] are developed to
improve handling and stability performance and driving fun.

As to the All-wheel independent drive electric vehicle, which uses In-Wheel-
Motors, the power train can be used as the subsystem and actuator in chassis
control system, which has the potential to realize the active safety function [5, 6].

It is well know that the vehicle have different handling performance with dif-
ferent drivelines, such as front-drive, rear-drive, four-wheel-drive. Consider the
fact that the output torque of the four motors can be regulated to any value without
requiring any additional hardware, it is naturally to consider to develop the control
strategy to change the dive force distribution between the front axle and rear axle,
in order to change the understeer/oversteer tendency according to different drive
situations.

This paper aims to develop the driving force distribution control strategy for in-
wheel-motor electric vehicle, and carry out the simulation to verify the proposed
method.

2 Principle of Front/Rear Driving Force Distribution System

It has been known that the lateral force of tire is affected by its longitudinal force, and
the relationship can be described by the friction ellipse curve. Figure 1 shows the
measured data of 195/65 R15 tires, which is published by Toyota researchers [7].

Here, with the tire data of Toyota, we give the result to show the relationship
between distribution coefficient and yaw moment, which can be seen in Fig. 2.

Fig. 1 195/65 R15 tire friction ellipse curve (Toyota)
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During the calculation process, we have applied the fact that, under normal situ-
ation, the vehicle has little under steering, then front and rear tire slip angle can be
treated as approximately equal.

According to Fig. 2, we have the following conclusions:

(1) The yaw moment that acts on the center of gravity of vehicle changes
monotonously with the driving force distribution coefficient between the front
and rear axles. This feature is the main basis of the distribution control system
in this paper.

(2) From the overall trend, the larger the tire slip angle is, the greater potential
yaw moment produces.

3 Driving Torque Dynamic Distribution Algorithm

3.1 The Driving Torque Dynamic Distribution Control System

Similar to the ESP system such as from Bosch, the system calculates the deviation
between the actual and desired yaw rate to determine whether the vehicle is in an
over steering or an under steering state [8], in which the desired yaw rate uses
2DOF linear vehicle model steady-state response, as shown in Fig. 3.

The working process of the controller goes follows: if the yaw rate deviation is
greater than the positive boundary of the dead zone, it indicates that the vehicle
tends to be under steering, and then reduces PI output of controller, then reduces
the front axle driving force while increasing the rear axle driving force in order to
restrain under steering trend; On the other hand, if the yaw rate deviation is smaller

Fig. 2 Distribution coefficient VS. yaw moment
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than the negative boundary, it means over steering, and then increases PI output of
controller, reduces the rear driving force while increasing the front driving force in
order to restrain over steering trend. It is to be noted that the total drive force is
only determined by the accelerator pedal, and do not influenced by the PI
regulator.

3.2 The Default Distribution Coefficient

In the system of Fig. 3, when the yaw rate deviation remain in the dead zone, the
coefficient of front axle driving force and the rear axle driving force is only
determined by the default distribution coefficient.

During accelerating and braking, the load transfer between the front and rear
axle will determine the ideal I curve, which makes the front and rear tire have the
same slip. Ideal I curve under braking situation has been discussed a lot before,
and the method to get the ideal brake curve also can be applied in accelerating
case.

Without considering the wind resistance, rolling resistance as well as the road
grade, the ideal accelerating curve consider the front and rear axle load transfer
can be described as:

F2

F1
¼ aþ zh

b� zh
ð1Þ

Where, h is the height of CG (center of gravity), a is the distance from CG to front
axle, b is the distance from CG to rear axle, z is the longitudinal acceleration, F1 is
front axle driving force, F2 is the rear axle driving force. Then according to (1), F1

and F2 can be expressed as:

F1 ¼
�ð2F2 þ G

h aÞ �
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

4 GL
h F2 þ ðGh aÞ2
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2
ð2Þ

2
min(| |,| |)

(1 )

u g

L Ku u

μδ
+

δ u

nomω

ω
nomω ω−

ω

PI
ω

Ffl =0.5F *k,

Ffr =0.5F *k,

Frl =0.5F *(1- k ),

Frr =0.5F *(1- k ),

Vehicle

Accelerator
pedal postion

Map

Target drive 
torque

F

Vehicle 
speed

μ
Estimated 

vehicle speed
Estimated road 

cofficient

u

k0

δ

k

Motor torque
limitation

Default 
distribution 
cofficient

Fig. 3 Controller of front/rear axle driving force distribution

260 Z. He et al.



In which L is wheel base, G is the vehicle weight. The ideal curve determined
by (2) is shown in Fig. 4, which named as the ideal acceleration curve I.

In fact, the result calculated by (2) should be corrected while considering the
wind resistance, rolling resistance. There are two methods to correct Eq. (2). The
first method need to estimate longitudinal resistance force, which can be estimated
according to the vehicle speed, rolling resistance coefficient, etc. The second
method need to employ sensors to measure longitudinal acceleration signal z, and
then calculate the ideal distribution according to acceleration load transfer Eq. (1).

As shown in Fig. 4, Line MN represents the target total driving force. The
target driving force subtracts the estimated longitudinal resistance equals to the
acceleration inertial force, which is PQ. Where PQ cuts acceleration I curve is
point A, and the slope of point A is exactly the load transfer expression (1).
Afterwards, extending OA intersects the line MN at B, the coordinate of point B is
the ideal force distribution under the target driving force. Then the slope of point B
is the default distribution coefficient.

When the acceleration is zero, which means the vehicle remains constant speed,
then line PQ degrades to the origin O, which means the ideal drive force distri-
bution is determined by the point C, then we have:

F1

F2
¼ b

a
; ð3Þ

In this case, the default distribution coefficient is determined by (1).
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4 Control System Simulation

4.1 Control Model

The control algorithm is tested with MATLAB/Simulink. The vehicle sprung mass
is set to 1,200 kg, with 185/65R15 tire, while the road coefficient is set to 0.4. The
peak torque of single motor is 300 Nm.

4.2 Result Analysis

The following sections show the simulation results in the case of the step input
steering angle. The front wheel steering angle is shown in Fig. 5.
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With step input of steering angle, the vehicle trajectories of three cases, dive
torque applying the dynamic distribution algorithm in this paper, front wheel drive
and rear-wheel drive, are shown in Fig. 6. The centers of trajectories are not at the
origin is due to the fact that the input steering angle remain zero until 5 s. As can
be seen in Fig. 6, it is easier to find that rear-wheel drive vehicle over steers,
whereas front wheel drive vehicle under steers and even lose stability.

In Figs. 7 and 8, during 5 to 45 s, the vehicle lateral speed and yaw rate
oscillations because the tire sideslip angle is large enough to enter the lateral
saturation area, as shown in Figs. 9 and 10.

The dead zone area of the yaw rate deviation (see Fig. 3) in the simulation
system is set to be ±1.2 degree. At the interval from 0 to 5 s, due to the steering
wheel angle is zero, the yaw rate has no deviation; then the PI controller output
equals to 1, which can be viewed as rear-drive case. After 5 s, front wheel angle
starts to input, the yaw deviation becomes negative, the vehicle over steers, so the
PI regulator output decreases, transferring driving force to front wheel, finally
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stops over steering. At about 40 s, the yaw deviation becomes positive, the vehicle
under steers, and PI output increases, transferring driving force to real axle,
restrains under steering.

Figure 11 means, the yaw rate deviation goes into the dead zone after 50 s, then
PI controller does not need to regulate the output. This result also indicates that the
dead zone will help to prevent long-time oscillation derived from the slow integral
drift (Fig. 12).

Figure 13 is the front and rear axle driving torque when applying the algorithm
in this paper.
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5 Conclusion

In this paper, we develop the torque distribution algorithm for All-wheel drive
electric vehicle using in-wheel-motors. The simulation results show that the sys-
tem can improve vehicle handling and stability. It is noted that the proposed
method is an indirect yaw moment control strategy. We have to point that the
system in this paper needs to combine TCS (Traction Control System) and DYC
(Direct Yaw Moment Control) in order to ensure vehicle remain stable under any
driving conditions.
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Electric Power Steering Systems: Market
Requirements and Application Range
with Special Focus on Column-EPS

Eberhard Kuebler, Mathias Eickhoff and Martin Budaker

Abstract The global trend of power steering systems for passenger cars, SUVs,
pickup trucks and even light commercial vehicles clearly shows the replacement of
hydraulic power steering systems (HPS) by electric power steering systems (EPS).
In the mature vehicle markets Japan, Europe and NAFTA this development has
already started about 15 years ago and is now more or less finalized for the whole
range of passenger cars. The emerging markets in Asia/Pacific, South America and
Russia are following with a delay of several years but increasing speed. In these
markets the demand for cost efficient solutions is one of the main drivers for the
technology decision of the OEMs. Column drive EPS (EPSc) is very often the
technology of choice to cover this requirement.

Keywords Electric power steering � Column- EPS � Performance range �
Durability � Cost efficiency

1 Introduction

The development of electric power steering systems has started already about
20 years ago. In the beginning it was mainly targeting to reduce the drivers
steering effort in parking condition for micro and small vehicles which had been
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equipped with manual steering before. The main technology at that time was
already the integration of an electric support motor to the steering column. The
requirements in regards of steering performance, steering feel, on- center preci-
sion, steering stiffness etc. have been quite low for this kind of vehicles. For the
well performing premium vehicles of the medium upper and luxury class HPS was
still the standard technology.

With the rising public discussion about fuel consumption caused by individual
traffic, governmental rules on CO2 emissions coming up and the increasing efforts
of all international car manufacturers to improve the fuel efficiency of their fleet,
EPS technology moved into the focus of the vehicle engineers. With the potential
to reduce fuel consumption significantly by replacing the hydraulic steering pump,
EPS started to replace HPS step by step (Fig. 1).

In the meantime nearly all newly launched passenger cars and SUVs in the
western hemisphere and in Japan are equipped with EPS. For most applications in
the medium, upper and luxury class different versions of rack drive EPS will be
applied. Column EPS for long time has been used only in small cars for different
reasons. In the meantime, also with the growing demand for cost efficient EPS
solutions, the application of EPSc is extended also to larger vehicles, even SUVs.
Marketing studies show that EPSc will cover about 50 % of the global EPS market
for passenger cars and SUVs in the future (Fig. 2). Especially in the rapidly
growing markets of China and Asia/Pacific a wide range of applications can be
predicted.
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2 Engineering Objective

Within this paper the application range of the different EPS technologies as well as
their advantages and limitations shall be discussed. Special focus will be on the
growing range of EPSc and the components which need to be improved to meet
the requirements of steering performance, steering feel and durability. The cus-
tomer demand for comfort and safety features even in emerging markets and thus
also for low cost vehicles has grown significantly in recent years. Development of
adequate and cost efficient design, layout and performance of EPSc with high
quality and life cycle durability will be the most important tasks of steering system
suppliers.

3 Technical Approach

To cover the requirements of different vehicles in the range between small pas-
senger cars and light commercial vehicles it is important to develop the specifi-
cation of the steering system in a close cooperation with the customer. ZF
Lenksysteme (ZFLS) offers different EPS technologies for the respective perfor-
mance requirements (Fig. 3). In general three different systems are available
(Fig. 4).
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• In the column-EPS (EPSc) the power support is integrated into the steering
column and the assist torque will be transferred via the steering column and
intermediate shaft to the mechanical steering gear.

• In the dual pinion system (EPSdp) the input of the support torque is realised via
a worm gear working on a second pinion which is attached to the steering gear.

• The highest output performance for luxury cars and even light commercial
vehicles can be applied with the rack drive system (EPSapa) where the support
torque is transferred to the rack via a belt drive and a ball and nut gear.
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Fig. 3 Application range of EPS technologies
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In order to develop the best solution for the customer, the important parameters
which influence the performance and thus also the cost, need to be optimized.

The support torque as the parameter of the steering system design, that has the
highest impact on cost, is a result of the customer specification which requires the
steering performance based on the vehicle data. Main influence on the perfor-
mance requirements is given by:

• Rack force of the vehicle (F)
• Steering gear ratio (C)
• Steering speed requirement (x)

Based on these data the steering system performance will be calculated as
P = F 9 C 9 x 9 g. The efficiency (g) can only be influenced within a relatively
small range. EPSc will be applied in a performance range up to about 800 W. For
higher requirements a technology switch to EPSdp or EPSapa would be recom-
mended. Both systems can offer higher steering performance, but the system cost
normally will exceed the EPSc cost.

4 Special Requirements for EPS Column Components

With the broadening of the application range of EPSc not only in terms of per-
formance but also in terms of the target cost expectations most of the key com-
ponents (mechanical and electric/electronic) need to be adapted to these
requirements. Small and low cost vehicles at the lower end of applications and
small SUVs or mid size sedans on the upper end require a modular design for the
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main components of EPSc which can be used in a flexible way for customer
applications (Fig. 5).

4.1 Motor and ECU

For EPSc applications brushed motors have been used for many years as a standard
technology. With the increasing requirements for performance and lifecycle
durability brushless direct current motors (BLDC), also known as permanent
synchronous motors (PSM) are more and more used also for EPSc. The lifecycle
durability of BLDC motors is superior due to no brush wear. Also the application
in vehicles with rack loads above 8–9 kN requires high performing BLDC motors.
With this background, ZFLS has taken a basic decision to only use BLDC motors
for all EPS applications.

Core element of the EPS technology of ZFLS is a modular approach for the key
components like motor, ECU, software functions and also mechanical components
like the worm gear. With this approach the component maturity for different
applications can be increased significantly, application cost and time can be
reduced, the overall product quality will be improved as well (Figs. 6 and 7).

The ECU has two main functions, the processing of signals and data and the
power output stage. The microcontroller and the most important components like
ASICs have been developed in close cooperation between ZFLS, the ECU-supplier
and the suppliers for the components (Figs. 8 and 9). The microcontroller is
scalable in its size and capacity; this means it can be adapted to the functional
requirements of the customers.
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Fig. 6 Common parts in different EPS technologies
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The main influence on the size of the microcontroller is given by the number of
steering functions, their complexity and size. Also the hardware and software
safety concept needs to be considered for the selection of the controller size.

The PCB layout is designed internally by ZFLS to meet all requirements of
functions, EMC and also the safety requirements of IEC 61508, ISO 26262 and
Automotive Spice (Fig. 10). In parallel to the logic part of the ECU also the power
output stage can be adapted to the system performance requirements in order to
generate a cost optimized system.
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4.2 Software Steering Functions

ZFLS has developed a set of standard steering functions which can be chosen by
the customer (Fig. 11).

Based on the continuous and exact calculation of the actual steering angle a
very precise speed sensitive steering support, which can be tuned exactly to the
vehicle, can be realized. The steering angle signal can also be used as source for

Fig. 9 Basic layout of ECU [1]
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vehicle dynamics management e.g. for functions like ESP. In addition to the
standard functions advanced functions like the interface for semi-automatic
parking or lane keeping systems can be provided.

On the other hand for low cost applications the functionality can also be
reduced to a simple steering support comparable to standard HPS systems. The
size of the microcontroller and also its cost can be minimised in that way.

4.3 Mechanical Components

In the wheel-to-wheel EPSc-System the main components are the steering column,
the drive unit which includes motor, ECU, steering torque sensor and rotor posi-
tion sensor and also the reduction gear (worm gear), the intermediate shaft (i-shaft)
and the mechanical steering gear (Fig. 12).

The steering column of EPSc has to meet all requirements of a normal steering
column. Most important are the adjustability as a comfort function and the crash
energy management as a safety feature (Fig. 13). In addition to that the noise and
vibration properties are more and more important and need to be tuned in com-
bination with the drive unit.

The adjustability and also crash requirements to the steering column can be
varied and have also significant cost influence. The column can be rigid (no
adjustability) or be equipped with 2-way or 4-way adjustability. The crash travel
and the respective loads (breakaway and travel load) can be adapted to the vehicle
and tuned in a wide range.
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Fig. 11 Standard software functions in EPSc
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The drive unit contains the electronic components as explained above and also
the sensor unit and the reduction gear which transfers the support torque of the
motor to the steering column (Fig. 14).

The intermediate shaft has to be specially adapted to the torque which has to be
transferred from the drive unit to the mechanical steering gear. Also stiffness
requirements for excellent steering feel are more and more important. ZFLS has
also for this component a modular kit which can meet customer requirements at
different cost levels. More or less all single components have to be considered,
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especially bearings, yokes and the slider technology. For medium torque appli-
cations plastic slider and also ball slider can be used, for high torque applications
only the ball slider technology is recommended, which can transfer torques up to
105 Nm (Fig. 15).

The mechanical steering gear must transfer the rotational movement of the
steering column to a lateral movement of the rack bar (Fig. 16). Also for the main
components of the mechanical steering gear the high input torque requirements
need to be considered and the rack, pinion and also the bearings need to be
designed to the summarized loads of the whole life cycle.

4.4 System Integration

The mechanical and electrical integration of the systems modular components
needs to follow the customer requirements mainly. The main targets on the system
level are cost efficiency and also compact design due to the packaging space which
is normally very squeezed especially in the cockpit area. The ZFLS approach is
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Fig. 15 Modular design of intermediate shafts for EPSc
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especially targeting these requirements by a high degree of component integration
and packaging flexibility (Fig. 17). The direct integration of the ECU to the motor
and the housing of the reduction gear reduces the number of components, pack-
aging space and cost. The packaging flexibility allows a quite easy modification of
the packaging without significant and costly modifications of the components
themselves.

5 Conclusion

For many vehicle applications, column EPS (EPSc) would be the most cost effi-
cient power steering system. Given by the technical concept (transfer of the
support torque via the steering column and i-shaft) the economical application
range of this technology will be limited at a certain performance.

The solutions for customer applications will be developed based on modular
components for motor, ECU and the main mechanical components of the EPS
system. Especially for cost efficient solutions in emerging markets, the perfor-
mance optimisation of the steering system offers potentials to reduce the appli-
cation cost.

The cost efficiency of EPSc steering technology application in a wide range of
vehicles depends on a close interaction of the performance requirements on one
hand and the application of a modular design of the main components of EPSc
systems on the other hand. Electric power steering systems and especially EPSc
offer a cost efficient solution to equip passenger cars and light commercial vehicles
with comfortable steering systems. Their application can reduce the fuel con-
sumption significantly compared to vehicles which are equipped with HPS. The
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2. rotation of ECU position
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Packaging flexiblities:

4. movement of lever position
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Fig. 17 Packaging flexibility of the ZFLS modular design
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growing demands in emerging markets can be covered; however, the best results
will be achieved by a close cooperation of the steering gear supplier and the
vehicle manufacturer.
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Vehicle Ease of Control Evaluation
via Stochastic Driver Model

Yan Bai, Hsin Guan and Yuchen Chen

Abstract Due to randomness of driver’s control and various driving habits, the
optimal performance of the driver-car closed-loop system is not always guaranteed
in reality. Since the main aim of the car manufacture is to release new product that
could be accepted by more customs, driving dynamics concerning handling always
receives particular attention, if the influence of driver uncertainty input on the
closed-loop performance was considered during vehicle design stage, it will be
benefit to the modern automotive design and this is one of the cutting-edge trends.
This paper focuses on the need for research on simulation method of ease of
control to forecast the ability of vehicle to adapt to driving population at the early
stages of vehicle design.
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1 Introduction

Due to randomness of driver’s control and various driving habits, the optimal per-
formance of the driver-car closed-loop system is not always guaranteed in reality.
Since the main aim of the car manufacture is to release new product that could be
accepted by more customs, driving dynamics concerning handling always receives
particular attention, if the influence of driver uncertainty input on the closed-loop
performance was considered during vehicle design stage, it will be benefit to the
modern automotive design and this is one of the cutting-edge trends. This paper
focuses on the need for research on simulation method of ease of control to forecast
the ability of vehicle to adapt to driving population in design stage.

In 1968, Chiesa [1] carried on research to vehicle dynamics characteristics by
changing steering input model, producing emergency driving condition and normal
driving condition. Although driver model was not involved, it revealed that driver
characters could influence closed loop performance. With intelligent assistance
system and activity safety system being introduced extensively in modern auto-
mobile, research on performance evaluation via driver-vehicle closed loop to
optimize design has received particularly attention, since during driving, drivers
and systems interact with each other [2, 3].

According to the difference of emphasis and assumption, closed loop perfor-
mance analysis methods could be divided into three categories [4]. The first cat-
egory includes analysis methods of optimal closed loop performance. The second
emphasizes on physiological perception features or modeling parameters [5]. The
last one refers to evaluation criterion in terms of driving burden. The first one
researches closed loop performance based on cybernetics, claiming that the opti-
mal driver characteristics parameters can be approached through adjusting per-
sonal parameters artificially. By referring to cost function,usually is optimal
weighted sum of square, driver model parameters of the optimal closed loop
performance can be determined. Then the closed loop performance can be eval-
uated in terms of the optimal driver. According to whether or not the driver model
is constructed based on optimal control theory and whether or not the driver model
includes a cost function, such kind of evaluation problem can be divided into two
types. One is using classic controller driver model with combination of cost
function to look for optimal closed loop performance [6–14]. Another one is using
driver characteristics parameters as evaluation indexes, based on optimal control
theory [15]. The optimal closed loop performance analysis method assumes that
the driver would adapt the vehicle by adjusting personal parameters. Apparently,
the improvement of closed loop performance and of ease of control would possibly
result from the improvement of driver performance, not always from the
improvement of vehicle performance. The advantage of researching driver phys-
ical sense of vehicle is that it could forecast how driver perception dynamic
behavior influences driver’s subjective evaluation to vehicle handling perfor-
mance. The application of closed loop performance research from feeling in air-
plane dates back to 40 years ago [16]. Modeling driver-vehicle real features is
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conducive to researching human-vehicle dynamical behavior trait, which can
provide the basis for improving closed loop performance. In order to make the
model work like a real person, Cole has made lots of related researches in the
domain of human nerve muscle dynamics [17–22]. A well designed control object
should always be able to guarantee perfect closed-loop performance while cost as
little output compensation as possible from driver. With this assumption, driving
burden can be regarded as the measurement criteria of handling characteristics
[23–26].

In this paper the definition of ease of control refers to the ability of vehicle to
adapt to the driver population. The criterion of the ability is the range of the
population who can easily control the vehicle under a certain closed loop condi-
tion. In another word, the paper analyzes robust performance of the whole closed-
loop system with control inputs serving as random signals in a limited range. This
analysis is obviously different from the analysis of determinate driver-vehicle
closed loop system as mentioned before. Since there are differences of charac-
teristics between common driving group and optimal individual driver, the optimal
closed loop performance is hard to achieve. In terms of real drivers, as they have
different psychological and physiological factors, their inputs to vehicle manipu-
lation are also randomized. Therefore, the real driver closed loop performance is
not a theoretically optimal performance. But instead, it is an acceptable one within
the limitation of physiological condition and safety driving. Through reducing
requirement from optimal performance indexes to acceptable ones, a larger crowd
of qualified drivers can be obtained, thus making the designed vehicle more
adaptable. In the next section, the driver-car closed-loop system with a stochastic
driver model is described. The closed-loop safety index and closed-loop perfor-
mance index are then outlined. In the last section, simulation and result with
Monte-Carlo method is given.

2 Driver-Car Closed-Loop System with a Stochastic Driver
Model

When the randomization of driver population is introduced into the closed-loop
system, the performance will also be random. Then the closed loop could be
written as following,

_X ¼ FðX;K; s; tÞ
Y ¼ HðX; tÞ

�

ð1Þ

where, X ¼ ½X1;X2; . . .;Xn�, Y ¼ ½Y1; Y2; . . .; Yh�, K ¼ ½K1;K2; . . .;Km�. X is state
vector, Y is response vector, and K is random vectors of driver random parameters.
F and H are functions described the closed-loop.

From Eq. (1), X and Y are random variable, and the closed-loop performance
could be expressed as integral solution forms.
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I ¼ Z

b1

a1

. . .
Z

bm

am

Uðk1; . . .kmÞf ðk1; . . .kmÞdk1. . .dkm ð2Þ

In the equation, k1; . . .km are integral variables with their appropriate random
variables K1; . . .Km and a1; b1½ �; . . .; ½am; bm� are limited integrating ranges.
f k1; . . .kmð Þ is joint probability density of random vector K. U k1; . . .kmð Þ is a
function directly or indirectly related to random vector K.

2.1 PO Driver Model and Random Variables

In this paper, the driver model, POPADM, derived based on Optimal Preview
Acceleration Driver Model (OPADM) proposed by Prof. Guo’s [27], and con-
sidered both the position and orientation following trait during driving is intro-
duced. The structure is shown as following [28] (Fig. 1).

The driver population could be represented by a driver model constructed with
combination of deterministic structure driver model and some randomized
parameters. According to Large Number theory, the parameter should be normal
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Fig. 1 Structure of POPADM

Table 1 Vehicles parameters

Name Symbol Car U (under-
steering car)

Car N (neutral-
steering car)

Car O (over-
steering car)

Mass m 1346.54 (Kg) – –
Moment of inertia (Z) Iz 2454.2 (Kgm2) – –
Distance between cg. to

front axle
Lf 1.022 (m) – –

Distance between cg. to
rear axle

lr 1.628 (m) – –

Front cornering stiffness kf 82,614 (N/rad) 114,590 (N/rad) 146,570 (N/rad)
Rear cornering stiffness kr 71,936 (N/rad) – –
Steering ratio i_sw 18.5 – –
lf � Kf � lr� Kr -32,680 0 32,680
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distribution. Assuming the mean of the statistical variable is the optimal driver, the
std. refers to the acceptance value that the general driver could not achieve the best
driver level.

2.2 Closed-Loop Safety Index

The most direct evaluation index of driving safety is the actual track should be
within permitted deviation of the desired track [29]. Assuming that the permitted
positive and negative lateral deviation range is respectively Du and D1, within the
limitation of lateral acceleration, assuming the maximum allowable lateral
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acceleration is Ay, and vehicle lateral deviation and lateral acceleration in actual
track is D and ay, when there is one point in driving satisfies the equation:

U k1; . . .kmð Þ¼ 1
8

1� D�Du

D�Duj j

� �

1þ D�Dl

D�Dlj j

� �

1þ ayþAy

ayþAyj j

� �

1� ay�Ay

ay�Ayj j

� �

ð3Þ

When the deviation falls within the range of [Dl, Du] and without the allowable
lateral acceleration, U k1; . . .kmð Þ ¼ 1, it is recorded that the vehicle can pass
through this point safely.

In actual simulation, the general method is to make time into limited numbers
of discrete moments. In terms of the whole expected path, assuming that there are
N sampling time points, the safe driving random function of all points is:
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U k1; . . .kmð Þ ¼
Y

N

k¼1

1
8

1� D kð Þ � Du

D kð Þ � Duj j

� �

1þ D kð Þ � Dl

D kð Þ � Dlj j

� �

1þ ayðkÞ þ Ay

ayðkÞ þ Ayj j

� �

1� ayðkÞ � Ay

ayðkÞ � Ayj j

� �

ð4Þ

If the driving condition satisfies Eq. (4) in simulation, it can be regarded that the
vehicle can pass the expected path safely.

2.3 Closed-Loop Performance Index

According to the assumption that the driver usually keep coincidence the actual
track with the desired track under the limitation of safety driving and himself
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physiological limitation during driving [30]. And In terms of double lane change
test, the calculation of indexes of driver-vehicle closed loop performance would be
the cost function written as follows:

J ¼ Je þ JSW þ JLatac ð5Þ

where

Je ¼
1
T

Z

T

0

f tð Þ � yðtÞ
D1

� �2

dt ð6Þ
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JSW ¼
1
T

Z

T

0

dðtÞ
D2

� �2

dt ð7Þ

JLatac ¼
1
T

Z

T

0

ay

D3

� �2

dt ð8Þ

J is the index of closed loop performance;
Je is the index of lateral displacement deviation performance;
JSW is total variance of steering angle;
JLatac is total variance of lateral acceleration;
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f tð Þ is desired driving path (m);
yðtÞ is actual driving path (m);
dðtÞ is steering angle (deg);
T is simulation time (s);
D1, D2 and D3 are the threshold values of their correspondence index, which

have penalty function to response values greater than, respec-
tively, 0.5 (m), 360 (deg), 3 (m/s2)
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3 Simulation via Monte Carlo

3.1 Principle of Monte Carlo

Theoretically, it is hard to obtain analytic solution from Eq. (2), since the analytic
expression of the integrated is hard to deduce. The general method for numerical
integration, such as rectangle, trapezoidal rule and Simpson formula,can suc-
cessfully avoid the demanding of awareness of analytic expression. These
approximate calculation formulas could derive satisfactory conclusion, however,
compute capacity would surge, with increasing integral dimension, to a point at
which the computer cannot solve. One solution of random process in engineering
is that setting up precise expression between stimuli and responses by using
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control formula FPK which can describe probability density function. But there are
some limitations, such as the stimulus must be white noise and the expression must
use Markov process, not to mention the difficulty of precisely solving formula
FKP. Therefore, some alternative methods, such as random perturbation method,
Monte Carlo method, Gaussian closure technique, stochastic averaging method,
stochastic finite element method, can be adopted to obtain approximate solution.
Monte Carlo method, based on statistics, is very helpful in obtaining approximate
solution and solving nonlinear complex probability problems. Since the computer
is of high-speed and huge capacity, it can quickly accomplish simulations and
process statistical treatment to derive the results.
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3.2 Vehicle Parameters

Since 2DOFs vehicle model is simple and enough to present main kinetics char-
acteristics in the linear regime, this model will be used in this paper. The paper
analyzes ease of control by comparing under-steering vehicles, over-steering
vehicles and neutral-steering vehicle, obtaining different steering characteristics by
adjusting equivalent concerning stiffness of front axle (Table 1).
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3.3 Driver Model Parameters

In POPADM, C0 and Tp were selected as the statistical variables,the frequency of
the 5000 samples are shown as in the following figures (Figs. 2, 3, 4, 5, 6, 7, 8, 9,
10, 11, 12, 13).

4 Results

The simulation will be repeated using the driver parameter from every sample, and
then both Closed-loop Performance Index and Closed-loop Safety Index are cal-
culated for each sample. In the following figures, the red points represent the
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whole driver population from the samples, all of other colors represent the drivers
who could pass the desired path safely, but different color means different level of
the closed-loop performance or the drivers’ skill for the specific car (Figs. 14, 15,
16, 17, 18, 19).

From the figures, for all of the three cars, the performance levels are obviously
better at 60 km/h than at 80 km/h, because the safety points (color points rather
than red ones) are more than those at 80 km/h.

The comparisons between different cars at each performance level are shown in
the following figures. The safety possibilities are 0.859, 0.752 and 0.940 for
neutral steering, over steering and under-steering cars respectively at 80 km/h, and
0.974, 0.957, 0.99 at 60 km/h. The under-steering car could be controlled safely
for more drivers than the other 2 cars and more drivers could also handle the
under-steering car at better performance (the smaller J, the better performance)
(Figs. 20, 21).

5 Conclusion

There are two methods to realize the analysis of ease of control. One is a sub-
jective method which obtains required data by lots of trials carried out by different
drivers on driving simulators or on real car. The other one is an objective method
which can process virtual simulation analysis and forecasting through computer by
using digital driver model. In this paper, the ease of control evaluation is based on
analysis of the distribution of control parameters in safe driving situation and the
distribution of inherent control parameters of real driver population. In order to
consider the randomness feature of driver handling characteristics, the driver
model is constructed with combination of deterministic structure driver model and
randomized parameters. Three cars are set up to be evaluated by the proposed
method, and the results shown this method could discern the ease of control by the
driver population that could control it safely and closed-loop performance index.

Since the response indexes are a function of driver random parameters and it is
difficult to derive the analytical solution of the closed-loop system. Monte-Carlo
method was used to analyze the characteristics of calculation of random driver
model-vehicle closed loop system response indexes. By adopting random sampling
using this method, the randomness of drivers can be simulated, and random closed
loop performance indexes can be obtained. Based on the analysis of parameter
match ability of ease of control, the paper presents the proposed method to analyze
and evaluate vehicle ease of control. It is worth to mention that the 3 cars presents
in this paper does not necessary to represent all of the understeer, oversteer and
neutral cars, since it is too simple to get the 3 steering characteristic cars.
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Shift Quality Assessment
and Optimization for Dual Clutch
Transmission

Yulong Lei, Huabing Zeng and Hongbo Liu

Abstract The shift quality is one of the most important factors that affect the
performances of comfort, ride and drivability for vehicles equipped with dual-
clutch transmission (DCT). Assessing the shift quality and then optimizing shift
control strategy and algorithm by the guidance of assessment results to improve
the vehicle performance is a useful idea for the development of DCT, and also for
other types of automatic transmissions. This paper defines the shift quality
assessment indexes in detail for DCT from the control point of view. The vehicle
model for DCT is built using MATLAB/Simulink tools. And then a shift quality
assessment system is developed. Through the co-simulation of DCT vehicle model
and assessment system, the shift quality control objectives, namely expected
control range of each assessment index, are determined, which provide reference
and guidance for the optimization of shift control strategy and algorithm for DCT.
The highest level of shift quality assessment is selected as the objective optimi-
zation function and the multi-objective genetic algorithm (MGA) is used to
optimize the control strategy of clutch switch timing during the torque phase and
inertia phase. The simulation results about shift quality before and after the
optimization are observed, which verify the correctness and effectiveness of the
shift control strategy after optimization, thus improving the shift quality of DCT.
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Keywords Vehicle engineering � Shift quality assessment � Optimization � Dual
clutch transmission � Genetic algorithm

1 Introduction

Dual clutch transmission (DCT), with its advantages of the no-torque-interrupt
shift pattern, high transmission efficiency and good production inheritance has
become a hot spot topic in the field of automotive transmission technology [1]. At
present, the research of DCT technology mainly focuses on the launch control,
gear-shift control and shift schedule making, etc. Assessing shift quality first and
then guiding the optimization of shift quality by the assessment results is a new
idea and one of the key technologies for the development of the DCT and other
types of automatic transmissions. This paper studies on the assessment and opti-
mization of the shift quality for DCT vehicles. On the one hand, through the
assessment, the control objectives for DCT shift control, namely expected control
range of each assessment index, are determined, and it provides the guidance and
reference for the objective assessment and calibration of DCT; On the other hand,
according to the control objectives of DCT, the control strategy and control
algorithm are optimized so as to improve the shift quality.

2 Assessment Index

To assessment shift quality objectively, a primary issue is how to select a group of
appropriate parameters, namely assessment index, to reflect the shift quality truly
and effectively. To facilitate the assessment work, these indexes should have clear
physical meaning and can be easily measured. The traditional shift quality
assessment indexes are fewer that mainly include the jerk, slipping work and the
shift time [2]. Since the difference in each shift condition, these indexes cannot
characterize the shift quality fully and accurately. In order to solve the problems of
unspecific shift control objectives and unclear assessment indexes for DCT, from
the point of view of control, a group of subdivided indexes are defined according
to the different phases at different shifting conditions. These indexes are easy to be
acquired online and can scientifically and comprehensively characterize the shift
quality. The indexes are defined in Table 1 and Fig. 1.
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3 Vehicle Model and Assessment System

3.1 Design of Vehicle Model

The vehicle system model for DCT is built in Matlab/Simulink environment,
which includes the sub-models of engine, dual clutch and its actuators, trans-
mission and synchronizer, load, vehicle dynamics, controller (TCU) and
driver[3, 4]. The overall design of simulation model is as shown in Fig. 2. Main
function and data flow of sub-models are described as below:

(1) Engine model calculates the engine output torque Te according to the inputs of
throttle opening adjustment volume Da and engine speed xe;

(2) Model of dual clutch and its actuator calculates the dual clutch delivered
torque Tc1, Tc2 according to the inputs of engine torque Te, resistance torque Tl,
difference between dual clutch driven disc speed and engine speed dxc1; dxc2

and clutch engaging rate given by controller vc1, vc2;

Table 1 Assessment indexes of shift quality

Assessment index Symbol Unit

Fluctuation of acceleration when engaging Da m/s2

Negative greatest jerk jp-n m/s3

Positive greatest jerk jp-p m/s3

Overshoot of engine speed when disengaging Dxe-o rpm
Undershoot of engine speed when engaging Dxe-u rpm
Decreasing of engine speed when upshift _xe�de r/s2

Increasing of engine speed when downshift _xe�in r/s2

Shift delay time tdelay s
Shift time ts s
Delay time of engine speed tSpd-delay s

Fig. 1 Illustration of assessment indexes of shift quality
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(3) Transmission and synchronizer model calculates synchronizer torque Ts,
synchronization time ts and current gearbox ratio ig according to the target
gear given by controller;

(4) Load model calculate the resistance torque Tl according to the inputs of
vehicle driven torque Tout and vehicle speedua;

(5) Vehicle dynamics model calculates longitudinal acceleration of vehicle a, dual
clutch driven disc speed xc1, xc2, vehicle driven torque Tout and vehicle speed
ua according to the inputs of Te, Tc1, Tc2, Tl;

(6) Controller model outputs the clutch engaging rate vc1, vc2 and throttle opening
adjustment value Da to control the clutch and engine according the vehicle
working state;

(7) Driver model outputs the signals that represent the driver’s intention, including
lever position L pos; acceleration pedal position Acc p; brake switch B on
and drive mode (sport/economy) mode.

3.2 Design of Assessment System

The shift quality assessment system was developed using Matlab/Simulation tool
and integrated with the DCT vehicle system model. Its inputs include
Acc p; B on; Lc1; Gear, ua; a; xe; xc1; xc2 etc. and these signals are used to
extract assessment index of shift quality and calculate assessment level.

The shift quality assessment system can extract the assessment indexes at
different driving condition by the input data and the signals, and then, it gives a
corresponding objective assessment result by these indexes, and the result is
divided into 1–10 levels [5, 6]. Figure 3 is the steps for calculating the objective
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assessment result. As the dimension of each index is different, it is needed to
normalize these indexes into 0–1 before calculation. Then the calculation is taken
according to the different weight assigned to each index. The result is still in 0–1
range at this point. Finally, we obtain the corresponding shift control quality
objective result by a process of denormalization (1–10).

3.3 Objectives of Shift Control

Based on the integrated simulation platform of DCT vehicle model with assess-
ment system, the expected control interval of each index when shift quality is the
optimal is gotten through assessment, as shown in Table 2. The results given in the
table are the expected control objectives during the process of DCT shift quality
optimization. When each index is considered synthetically and all falls within the
corresponding control interval, a good DCT shift quality can be achieved. But it
should be noted that because the table values are based on the simulation results,
they need to be adjusted slightly when applied in actual vehicle.

4 Optimization of the Shift Quality

4.1 Genetic Algorithm Based Optimization

In this paper, the optimization of DCT shift control strategy is done by
co-calculation of the software iSIGHT and MATLAB, which are connected
seamlessly by the interface between them. In iSIGHT, the multi-objective genetic
algorithm (GA) is selected as the optimization method. First, we need to initialize
the input parameters and optimization range and set the indexes provided by shift
assessment system as the design objectives (control objectives). Then, the iSIGHT
invokes the MATLAB program to carry out the optimization work. In this step, a
group of output parameters values are got, and the analysis operation to determine
that whether the value is the optimal objective is taken. The iSIGHT repeats this
operation until the optimal values which meet the design objectives are got.
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Finally, these final optimized values are adopted as the optimal solution of
DCT shift control strategy to achieve the purpose of the optimizing the shift
quality [7, 8].

The optimization process based on co-calculation of the DCT vehicle model
and iSIGHT is as shown in Fig. 4. The steps are as follows:

(1) Build the parameterized model in MATLAB and form the data tables that
describe the DCT shift control strategy;

(2) Invoke the simulation model from iSIGHT and initialize the control
parameters;

(3) Run the simulation model, evaluate the simulation data, and get the assess-
ment indexes and results;

(4) Re-assign the control parameters according to the multi-objective genetic
algorithm (MGA), then run the model and output the result.

The shift quality optimization of the DCT is a complex multivariable and
nonlinear optimization problem. The characteristics of the genetic algorithm
determine that it is a kind of very effective way to solve this kind of problem.
Through the calculation of MGA in iSIGHT software, the DCT gearshift control
strategy is optimized globally at different conditions. It reduces the computation
time, gets a group or groups of feasible solutions, and accurately determines the
optimal solution for shift control strategy. To a great extent, the solution set

Table 2 Desired control interval of shift quality assessment indexes

Index Da (m/s2) jp-p (m/s3) jp-n (m/s3) Dxe-o (rpm) Dxe-u (rpm)

Interval 1 * 5 0 * 10 –10 * 0 0 * 300 0 * 300
Index _xe�deðr=s2Þ _xe�in ðr=s2Þ tdelay (s) ts (s) tSpd-delay (s)
Interval -1500 * -800 800 * 1500 0 * 0.2 0.5 * 1.5 0.2 * 1
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improved DCT shift quality, and made the assessment index reached the
requirements of expected control objectives.

4.2 Optimization Scheme

In process of shifting, the core step of dealing with multi-objective optimization is
to transfer multi-objective function into the single objective function. We use the
linear weighted method to construct the objective function, namely assessment
fitness function, which is defined as follows:

GSQðxÞ ¼ w1Da þ w2jp�p þ w3jp�n þ w4Dwe�u

þ � � � þw6 _xe�de þ w7tdelay þ w8tS þ w9tSpd�delay
ð1Þ

In this formula, w1 * w9 represent weights of control objectives respectively,
i.e. weights of assessment indexes assigned by expert advice.

The maximum and the minimum of each control objective are got by the
expected control interval of corresponding index. The optimization objective
function can be expressed as follow:

min G0SQðxÞ
� �

¼ minðw1Da0 þ w2j0p�p þ w3j0p�n þ w4Dw0e�u

þ � � � þw6 _x0e�de þ w7t0delay þ w8t0S þ w9t0Spd�delay ð2Þ

Because the higher the assessment level (1–10) means the better shift quality, so
the assessment level function U0SQ is constructed as follow:

U0SQ ¼ 1� G0SQ ð3Þ

Finally, by denormalization of U0SQ; the result of corresponding objective
assessment level is got.

When we apply the multi-objective genetic algorithm to solve the optimization
problem, the too many chromosome genes may cause long calculation process, and
the problem that the optimization results is not the optimal solution will happen.
Therefore, the degree of influence of control variables on objective function should
be analyzed to reduce the number of variables and simplify the optimization
operation. Here, the individual gene is defined as disengaging clutch off-going rate
voffgoing and engaging clutch on-coming rate voncoming: The two parameters together
form a chromosome and represent a solution to the problem, which is

X ¼ ½x1; x2�T ¼ ½voffgoing; voncoming�T ð4Þ

In this case, solving the optimal solution of the dual clutch switching rate can be
boiled down to optimization problem that makes the shift quality assessment level
USQ the highest. Through calculation of the dynamic models, the vehicle model
simulation is carried out for each determined chromosome. The corresponding
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fitness GSQ; USQ; are obtained to determine the optimal solution of clutch
switching rate when output meets array�20cminx 2 X GSQ xð Þð Þ;, i.e.

max
x 2 X

USQ xð Þð Þ:

Before seeking the most optimal solution using the genetic algorithm, the string
should be encoded, considering the requirements of the change range and precision
of each parameter, the paper used the genetic code of 16-bit fixed length binary
number to represent a variable for solving the minimum value of the objective
function G

0

SQ and the optimal solution of corresponding design variable. The
interval and step length of parameter optimization for control strategy are in
Table 3. There, v0 is the initial value for the clutch engaging and disengaging rate.

Figure 5 is the relationship between different optimization schemes and shift
quality assessment in the process of DCT shifting gear from 1 to 2. It can be seen
from the figure that: to improve the shift quality, what most needed to be opti-
mized is the dual clutch switching speed or switch timing of control strategy. In the
top left corner is a two-dimensional coordinate system that the horizontal axis is
voffgoing and the vertical axis is voncoming. The two axes have their own boundary
condition which is denoted by dotted line that the maximum is v0 and the mini-
mum is 0:1v0. Every dot in the figure represents an optimization scheme, namely a
chromosome. For the chromosomes which are not within the boundary, its cor-
responding shift quality is poor, so it cannot be used as optimization scheme and
can be ignored. The bottom left corner shows that the chromosomes in different
areas can result in the different dual clutch overlap areas (a, b and c) when shifting.
The a is the overlap area when voffgoing is a constant value and voncoming is different;
the b is the overlap area when voffgoing and voncoming are equal; and the c is the
overlap area when voncoming is a constant value, and voffgoing is different. The right
side of the figure shows the different shift quality assessment indexes and
assessment results when applying the three optimization schemes. Through the
optimization, when USQ is maximum, the corresponding chromosome is selected
as the optimal solution of optimization.

4.3 Optimization Results

Through the optimization of the clutch switching speed during the shift process,
the optimal solution set for the control law of engaging clutch and disengaging
clutch when switching the clutch under the different throttle opening is obtained,

Table 3 Interval and step length of control parameters optimization

Control parameters Minimum value Maximum value Step length

voffgoing 0.1v0 v0 0.02v0

voncoming 0.1v0 v0 0.02v0
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just as shown in Figs. 6 and 7. The voncoming and voffgoing represent the switching
speed of engaging clutch and disengaging clutch and they meet the relationship
that voncoming voffgoing

� �

¼ x � v0, where x is the solution for control law and v0 is the
initial value of the clutch running speed. The v0 can be adjusted according to the
system structure characteristics of dual clutch. From the two charts we can see
that: voncoming and voffgoing are greater when shifting to high-gear under large throttle
opening; voncoming and voffgoing are smaller when shifting to low-gear under light
throttle opening. Thus, it ensures the shift quality when shifting to different gear
effectively.

Above optimization for shift control parameters is gained based on the weights
that an expert gave. Because different evaluators can pay different attention to each
index and to influence factors of man and vehicle etc., we can adjust the weight as
needed or we can take the average value of weighs given by many experts. In this
case, we change the optimization objective function and then get the optimal
solution for control strategy that concerned about one or more assessment targets.

5 Comparative Analysis

Figure 8 is the simulation curves before and after optimization when DCT vehicle
model shifts from gear 2 to 1 at the 50 % throttle opening. The black line in the
figure is the downshifting process that the clutch switching time and overlap area
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both are appropriate, which is plotted after optimization; the red line is the
downshifting process that the clutch overlap area is too great and the blue line is
that when overlap area is too small, which is plotted before optimization. As
shown in Table 4, the shift quality assessment system extracts the assessment
indexes and gives the objective level by simulation results respectively before and
after the optimization. The results show that each shift quality indexes get a very
good compromise when the optimized control strategy and algorithm are adopted
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in downshifting process; it meets the requirements of desired control area and
makes the shift quality assessment reach the highest level.

6 Conclusions

This paper studies on the DCT shift quality assessment and optimization. On one
hand, it determines the control target and control method through the assessment,
providing guidance and reference for objective assessment and calibration; on the
other hand, according to the specific control target, the control strategy and control

Fig. 8 Simulation curves of shift 2-1 at. %50 throttle opening
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algorithm of DCT shift system is optimized to improve the shift quality. Assessing
the DCT shift quality for its next improvement is a new idea for developments of
DCT, and also for other type of automatic transmission.
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and Objective Evaluations of On-Center
Steering Feel
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Abstract With the involvement of SBW system, a total of 12 extensively dis-
tributed force feedback characteristics for on-center steering are generated by
specific arrangement of adjustable parameters. These characteristics are rated
subjectively by 12 drivers in a driving simulator and meanwhile are simulated off-
line objectively in accordance with international standards of on-center weave test
and transition test. Then the correlations between subjective evaluation items and
objective evaluation indices are analysed by multiple regression and logarithmic
regression. The results show that for each subjective evaluation item, the mean
absolute proportional error of the ratings predicted by each correlation equation is
less than 4 %. The proposed methodology can acquire reliable correlations
between subjective and objective evaluations and has potentials to be extended to
cover other aspects of handling quality.

Keywords Steer-by-wire � On-center � Subjective evaluation � Objective
evaluation � Multiple regression

F2012-G05-008

X. Zhao (&) � H. Chen � B. Gao
School of Automotive Studies and Clean Energy Automotive Engineering Center,
Tongji University, Shanghai, People’s Republic of China
e-mail: zhaoxianglei@126.com

H. Chen
e-mail: hui-chen@tongji.edu.cn

L. Lou � N. Shirou
Research and Development Center, JTEKT Co., Ltd, Kashihara, Japan

SAE-China and FISITA (eds.), Proceedings of the FISITA 2012 World
Automotive Congress, Lecture Notes in Electrical Engineering 198,
DOI: 10.1007/978-3-642-33795-6_26, � Springer-Verlag Berlin Heidelberg 2013

313



1 Introduction

Development efforts regarding handling quality of modern cars still primarily
depend on purely subjective evaluation, which is subjected to deficiencies in
reproducibility, and the period and cost of vehicle evaluation. In order to take full
advantage of objective evaluation to make up these deficiencies, several investi-
gations have been conducted to explore the correlations between subjective and
objective evaluations by Crolla et al (1-3), Harrer et al (4), Zschicke and Albers
(5), and Rothhamel et al (6). One major purpose is to predict the subjective
evaluation ratings by the correlations in the development of a new car, including
target setting and design optimization [7]. And it is mentioned that the prediction is
credible on the condition that the distributions of handling quality in the predic-
tions should be within the ranges of that in the establishment of correlations.

However, in the course of vehicle design and development, the distributions of
handling quality may be not merely restricted to the given selections of vehicles in
the contemporary automobile market [4, 5], and to the changes of several struc-
tural parameters in one vehicle (or vehicle model in the driving simulator) [1, 6].
More extensive distributions probably exist even beyond the capacity of con-
ventional steering system with mechanical linkage. Mean-while, it is assumed that
within certain limits the more extensive the distributions of handling quality are,
the more significant the correlations between subjective and objective evaluations
are. Based on the two aspects above, SBW (Steer-by-Wire) system is proposed as
the instrument in correlation analysis to generate relatively extensive distributions
of handling quality. It is expected that the correlations obtained with SBW are
more reliable, and in this way, the predicted subjective ratings, depending on
objective evaluation test, are more credible.

On-center handling quality has been identified as a combination of steering
activity, steering feel, and vehicle response. Steering activity mainly refers to
steering angle changes. Steering feel mainly refers to reaction torque with regard
to steering angle. Vehicle response mainly refers to response characteristics of yaw
rate and lateral acceleration [8]. This paper primarily focuses on the development
of a methodology which is able to provide reliable correlations between subjective
and objective evaluations of on-center steering feel. First, 12 force feed-back
characteristics of on-center steering are generated by means of an adjustable force
feed-back characteristics model. After subjective and objective evaluation tests,
the two sets of test data are analysed with the help of regression analysis to acquire
reliable correlations. Finally, another 8 force feedback characteristics are retested
to verify the effectiveness of predictions of subjective ratings on basis of
correlations.
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2 Force Feedback Characteristics

2.1 Adjustable Force Feedback Characteristics Model

Force feedback of handwheel is obtained by torque map-based method. An
adjustable force feedback characteristics model is established depending on
steering angle and steering rate. Given that the speeds in the objective and sub-
jective tests are both constants (100 km/h), vehicle speed is not involved in the
model. There are 5 adjustable parameters to determine the force feedback char-
acteristics (see Fig. 1 and Table 1) in total, with the hypothesis that the gradients
of reaction torque with steering angle when steering and returning are identical.

2.2 Distribution of Force Feedback Characteristics

The combination of different values of 5 adjustable model parameters can generate
myriads of force feedback characteristics. Uniform design [9], particularly suitable
for multi-factor and multilevel experiments, is employed to acquire more exper-
iment information with less experiment times. For more extensive distributions of
steering stiffness at zero steer, turning angle during steering h1 is set to be a
constant closer to zero. The specific arrangement of remaining four parameters is
shown in Table 2.

Fig. 1 Force feedback
characteristics model
(reaction torque vs. steering
angle)

Table 1 Adjustable
parameters of the model

Parameter Description

Tmax Peak value of reaction torque
Tf 0 Friction torque at zero steer
h1 Turning angle during steering
h2 Turning angle during returning
p Proportion coefficient
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3 Subjective Evaluation Test

3.1 Test Drivers and Driving Simulator

A total of 12 normal drivers who have at least one year of highway driving
experiences and are familiar with the subjective evaluation items are selected.
Furthermore, they are all male and at the age of 20–30. The 12 test drivers are
asked to rate the 12 force feedback characteristics in random order in a fixed-base
driving simulator. The switch of different characteristics takes less time in the
driving simulator than in a vehicle test, which benefits the drivers to compare a
new steering feel with the previous one. Because human memory regarding to
steering feel usually doesn’t last long. The driving speed is set as 100 km/h with
cruise control, which is consistent with the objective evaluation test. In the virtual
scene, the road (see Fig. 2) is designed to assure that driving manoeuvres on the
straight line with cones share similarities with the weave test described in ISO
13674-1 [10] and driving manoeuvres on the corners are generally in line with the
transition test described in ISO 13674-2 [11]. The vehicle model is a highly precise
passenger car model of vehicle dynamics (veDYNA) provided by TESIS
DYNAware.

Table 2 Arrangement of model parameters

Characteristic No. Tf 0 (N�m) Tmax (N�m) h2 (deg) p

1 0.96 1 2.8 0.42
2 2.16 1.25 4 0
3 0.24 1.5 5.2 0.49
4 1.44 1.75 6.4 0.42
5 2.64 2 2.4 0.56
6 0.72 2.25 3.6 0.14
7 1.92 2.5 4.8 0.63
8 0 2.75 6 0.21
9 1.2 3 2 0.7
10 2.4 3.25 3.2 0.28
11 0.48 3.5 4.4 0.77
12 1.68 3.75 5.6 0.35

Fig. 2 Road in the virtual scene
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3.2 Subjective Questionnaire Design

The collection of subjective ratings is guided principally by a questionnaire, so that
the test drivers are able to evaluate the steering feel in a quantitive way. The
questionnaire includes six subjective evaluation items, i.e. five partial items and
one overall item (see Table 3).

To acquire more information about the preferred steering feel, test drivers are
asked to rate by means of absolute rather than comparative judgement. Five
partial items are expressed using a semantic differential scale [6] ranging from -4
to 4. Each item is rated on a bipolar scale between two antonymous description
words of feeling (see Table 4), where zero equals to the just appropriate feel. In
this case, each item has an optimal value, and the judgement has to point out
which direction the deviation is perceived. However, in terms of the overall item,
the higher the mark, the better the overall steering feel is. So it is expressed by
using another semantic differential scale ranging from 1 to 9 (see Table 5). In
addition, to reduce the burden of test drivers and assist them to give accurate
ratings, all ratings have to be given by two judgements. The first is to judge the
current feel is acceptable or not, or desirable or not. The second is to judge the
concrete level based on the first judgement. So the judgement of nine levels is
converted into two judgements of three levels separately. It is also allowed for
drivers to award half mark for increasing the scale resolution. A remark of ‘‘don’t
know’’ is available to avoid drivers’ guesses where uncertainty exists. Besides
rating, additional comments are encouraged, which is helpful for understanding
drivers’ perception of steering feel.

Table 3 Definition and description of subjective evaluation items

No. Subjective
evaluation Item

Definition Description of
feeling

1 Steering effort Magnitude of reaction torque over the whole
steering angle range

Light/heavy

2 Solid feel Feel of rigidity of the reaction torque over the
whole steering angle range

Flabby/tight

3 Center Feel Feel of the center position of the handwheel
according to reaction torque

Vague/clear

4 Reluctant feel at
zero angle

Feel of friction in the area nearby zero angle Lack of friction/
reluctant

5 Reluctant feel at
other angle

Feel of friction in the area besides zero angle Lack of friction/
reluctant

6 Overall evaluation A overall rating about the steering feel of certain
steering characteristic

Undesirable/
desirable
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4 Objective Evaluation Test

4.1 Test Condition

In objective evaluation test, standardized handling manoeuvres corresponding to
on-center weave test [10] by sinusoidal input and transition test [11] by ramp input
are implemented successively. In order to avoid the influences caused by drivers’
unstandardized manoeuvres on the measured results, the test is simulated off-line
with the same vehicle model as that in the subjective evaluation test.

Table 4 Subjective rating scale for partial items

Distinction Rating

Unacceptable Extremely +4
(Heavier/tighter…)
Quite +3
(Heavier/tighter…)
relatively +2
(Heavier/tighter…)

Acceptable Slightly +1
(Heavier/tighter…)
Appropriate 0
Slightly -1
(Lighter/flabbier…)

Unacceptable Relatively -2
(Lighter/flabbier…)
Quite -3
(Lighter/flabbier…)
Extremely -4
(Lighter/flabbier…)

Note half mark and ‘‘don’t know’’ is available

Table 5 Subjective rating scale for overall item

Distinction Rating

Desirable Outstanding 9
Excellent 8
Good 7

Marginal Barely satisfactory 6
Fair 5
Unsatisfactory 4

Undesirable Poor 3
Deficient 2
Unsecure 1

Note half mark and ‘‘don’t know’’ is available
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4.2 Derivation of Objective Evaluation Indices

Steering angle, reaction torque, and lateral acceleration are recorded separately.
Then the three measured variables are mapped in pairs against each other in a
Cartesian coordinate system. Thus the corresponding hysteresis curves are gen-
erated, which enables the derivation of objective evaluation indices (see Table 6).

5 Correlations Between Subjective and Objective Evaluations

Owing to the complexity of steering feel, multiple linear regression analysis is more
suitable than single. So multiple linear regression analysis based on ordinary least
squares estimation is applied for each partial subjective evaluation item respectively.
Moreover, the influences of 5 partial items on the overall item are also identified.

Table 6 Description of objective evaluation indices

No. Objective evaluation index Unit Description

1 Steering stiffness N�m/
rad

Average gradient over range
±10 % of peak steering angle

2 Torque hysteresis at zero steer N�m Ordinate deadband
3 Torque hysteresis at 70 %

peak angle
N�m Torque differences between steering

and returning at 70 % of peak
steering angle

4 Angle hysteresis rad Abscissa deadband
5 Torque at 50 % peak angle N�m Torque level at 50 % of peak

steering angle
6 Peak value of torque N�m The maximum torque level over

the whole steering angle range
7 Lateral acceleration at 0 N•m m/s2 Lateral acceleration level at 0 N•m
8 Torque hysteresis at 0 m/s2 N�m Ordinate deadband
9 Torque gradient at 0 m/s2 N�m/

(m/s2)
Gradient evaluated at 0 m/s2

10 Torque at 1 m/s2 N�m Torque level at 1 m/s2

11 Torque gradient at 1 m/s2 N�m/(m/s2) Gradient evaluated at 1 m/s2

12 Torque hysteresis at 1 m/s2 N�m Torque differences between steering
and returning at 1 m/s2

13 Steering stiffness at low
level of steering angle

N�m/rad Gradient of straight-line fit to data for
right turn direction at low level
of steering angle

14 Steering stiffness at high
level of steering angle

N�m/rad Gradient of straight-line fit to data for
right turn direction at high level
of steering angle

15 Torque deadband reference
lateral acceleration

N�m Abscissa deadband at ordinate
threshold of ±0.6 m/s2

Note The 1st to 12th indices are derived from weave test, and the other indices are derived from
transition test
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5.1 Data Preprocessing

To obtain the credible regression coefficients, fundamental data preprocessing is
necessary to be conducted. For subjective evaluation ratings, since the entire test
drivers are selected from normal drivers, instead of professional drivers, outliers in
the ratings are obliged to be rejected to ensure the consistency and reliability of 12
ratings of each subjective evaluation item. Because of the relatively small sample
size (n = 12), Chauvenet’s criterion [12] is applied, according to which, the rat-
ings outside ±2.03r (when n = 12) are supposed to be rejected. After that, the
remaining qualified ratings are averaged as the values of dependent variable in the
regression equation. For objective evaluation indices, the unconvincing indepen-
dent variables are removed preliminarily from all the indices according to their
physical meaningful sense by engineers. For example, when ‘‘Steering Effort’’ is
chosen as the dependent variable, ‘‘Angle Hysteresis’’ and ‘‘Lateral Acceleration at
0 N�m’’ is not accountable enough to be selected as independent variables and
have to be removed, even if they show a strong linear correlation with ‘‘Steering
Effort’’.

5.2 Establishment of Regression Model

The multiple regression equation is specified as follows:

y ¼ b0 þ b1x1 þ b2x2 þ . . .þ bpxp ð1Þ

Where, there are a total of p independent variables. b0; b1; � � � bp are partial
regression coefficient. y denotes the dependent variable, i.e. subjective evaluation
item. And xi denotes the independent variable, i.e. objective evaluation index. To
determine the involvement of qualified independent variables further, stepwise
selection [13] is used. Besides, the independent variable that shows multicollin-
earity with other variables is excluded during the establishment of regression
equations.

5.3 Statistical Test

Without statistical tests, the acquired regression equations cannot go to analysis
and prediction in practice directly. In general, the statistical tests mainly includes
test of goodness of fit, significance test of regression equations, significance test of
regression coefficient, and residual analysis as well.

Test of goodness of fit serves to measure the quality of the fit of model to the
data, which can be assessed by adjusted coefficient of determination �R2: Only the
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regression equation that satisfies the condition �R2� 0:85 is considered as qualified.
Significant test of regression equation is used to decide if the linear relationship
between dependent variable and all the independent variables is significant, while
significant test of regression coefficient is employed to check whether each
independent variable in the regression equation could interpret the linear variation
of dependent variable effectively. The observed p value in F-test and t test (except
for constant term) should be both less than significance level a, set as 0.05.
Residual analysis assumes two main tasks: (1) to detect whether the residuals
conform to normal distribution with mean zero and equal variance; (2) to check
whether residual sequence is independent. Both of the tasks are fulfilled using
residual diagram that is plotted by independent variable on the horizontal axis, and
unstandardized residual on the vertical axis.

5.4 Results

Multiple regression analysis results are shown in Table 7. For five partial items,
partial regression coefficients which allow the prediction of subjective evaluation
ratings are pointed out. Their uncertainties are quantified by the lower and the
upper limits of 95 % confidence interval. Further, to discriminate the major and
minor objective evaluation indices that correlate with the same subjective evalu-
ation item, standardized regression coefficients are also figured out. The larger the
absolute value of standardized regression coefficient is, the more important the
corresponding objective evaluation index is. For the overall item, it is rated by
unipolar scale while all the other partial items are rated by bipolar scale. To
explore the linear influence that each partial item has on the overall one, the
absolute value of five partial subjective evaluation items are regarded as the
independent variable.

The linear correlations between six subjective evaluation items and their cor-
responding independent variables all enjoy suitably high values of the statistical
indicators: �R2 [ 0:85; p-values in F test and p-values in t test are less than sig-
nificance level 0.05 and the residuals are all scattered randomly around zero
without evident regularity and tendency as the increase of the major independent
variable, which meets statistical tests. Figure 3 is an example of residual diagram.

5.5 Discussion

‘‘Steering Effort’’ is found to correlate most to ‘‘Peak Value of Torque’’, which is
reasonable to understand. In most cases, a higher ‘‘Peak Value of Torque’’ usually
leads to a stronger feeling of heaviness over the whole steering angle range.
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‘‘Solid Feel’’ correlates best to ‘‘Steering Stiffness at Low Level of Steering
Angle’’ derived in the transition test and ‘‘Torque Gradient at 1 m/s2’’ derived in the
weave test. The former is the major influencing index. This result means drivers
assign more importance to the stiffness of reaction torque with steering angle at
lower steering rate when steering activities are less, and begin to pay more attention
to the stiffness of reaction torque with lateral acceleration as the steering activities
increase. Since drivers are mostly driving with less steering activities at high speed,
so ‘‘Steering Stiffness at Low Level of Steering Angle’’ is more essential.

‘‘Center Feel’’ has a strong linear correlation with ‘‘Angle Hysteresis’’ and
‘‘Torque Gradient at 0 m/s2’’, and the linear relationship with the former is
stronger. As far as ‘‘Angle Hysteresis’’, the lower its value is, the better the
returnability is, which gives rise to easier detection of center position. However,
just a low level of ‘‘Angle Hysteresis’’ is insufficient. A higher level of ‘‘Torque
Gradient at 0 m/s2’’ is also indispensable to build a favourable ‘‘Center Feel’’.

‘‘Reluctant Feel at Zero Angle’’ is fully self-explanatory by ‘‘Torque Hysteresis
at Zero Steer’’. It is mentionable that drivers are more likely to experience the
reluctant feel on the hysteresis curve of reaction torque vs. steering angle, rather
than reaction torque vs. lateral acceleration.

‘‘Reluctant Feel at Other Angle’’ is described in a linear manner by ‘‘Torque
Hysteresis at 70 % Maximum Angle’’ and ‘‘Peak Torque’’. There is no doubt the
former is primary influencing factor. Whereas it may be confusing that ‘‘Peak
Torque’’ is another independent variable. Practically, this is caused by inherent
physical senses of humans. With the rise of reaction torque, the subjective
reluctant feel will be weaker. This is also confirmed by drivers’ comments during
the subjective evaluation test. However, ‘‘Reluctant Feel at Zero Angle’’, similar
with ‘‘Reluctant Feel at Other Angle’’, has nothing with any objective evaluation
index related to reaction torque. It is because the reaction torque around zero angle
is generally not large.

‘‘Overall Evaluation’’ is chiefly covered by ‘‘Solid Feel’’ and ‘‘Reluctant Feel at
Zero Angle’’. The former is more significant in judging the overall on-center
steering feel. However, it cannot illustrate that the other three partial items are of
little contributions on ‘‘Overall Evaluation’’. It is shown that the correlation
coefficient R between ‘‘Steering Effort’’ and ‘‘Solid Feel’’ is 0.914. And ‘‘Center
Feel’’ is a combination of ‘‘Solid Feel’’ and ‘‘Reluctant Feel at Zero Angle’’, in

0 2 4
-1

0

1

Absolute Value of Solid Feel

R
es

id
ua

l

Overall EvaluationFig. 3 An example of
residual diagram
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which the multiple regression coefficient is 0.991. These two relationships are
accountable by the descriptions of corresponding subjective evaluation items and
can be elicited from the drivers’ comments as well. Besides, the correlation
between ‘‘Reluctant Feel at Zero Angle’’ and ‘‘Reluctant Feel at Other Angle’’ is
also significant (R ¼ 0:954). This is found to be caused by the strong correlation
between ‘‘Torque Hysteresis at Zero Steer’’ and ‘‘Torque Hysteresis at 70 %
Maximum Angle’’ (R ¼ 0:958), which results from the present arrangement of
parameters in the adjustable force feedback characteristics model.

As a whole, �R2 in the 6 regression equations are all greater than 0.91. It verifies
the hypo-thesis effectively that more extensive distributions of steering feel give
rise to the detection of more significant correlations between subjective and
objective evaluations. So the predictions of subjective ratings based on acquired
regression equations are likely to be more credible.

6 Verification

To verify validity of the predictions, another 8 force feedback characteristics are
distributed in accordance with uniform design again, in which the ranges of four
adjustable parameters are within the ranges of that in the previous 12 character-
istics. Then the subjective evaluation test and objective evaluation test are per-
formed in the same way as the previous tests. Figure 4 shows the prediction results
of each subjective evaluation item in the shape of radar map. The 8 numerical axes
represent 8 force feedback characteristics. It can be seen that the predicted ratings
are comparatively close to the average ratings given by test drivers, and almost all
the predicted ratings are located within 95 % confidence interval, apart from the
prediction of ‘‘Steering Effort’’ for the 8th characteristic. Also, it can be seen from
Table 8 that the maximum and mean absolute error of predictions of ‘‘Steering
Effort’’ are both larger than that of others. It is speculated that there is a more
convincing relationship accountable for the correlation between ‘‘Peak Value of
Torque’’ and ‘‘Steering Effort’’. Taking advantage of scatter diagram (see Fig. 5),
it is found that all the data point are likely to be fitted better by logarithmic curve.
The form is as follows:

y ¼ b0 þ b1 lnðxÞ ð2Þ

Essentially, it is also a linear regression model, since lnðxÞ can be considered as
transformation of variable x. The results (see Table 9) show that the logarithmic
regression equation meets all the requirements of statistical tests. Most impor-
tantly, the adjusted coefficient of determination �R2 is improved from 0.952 to
0.978, and the maximum and mean absolute error is reduced from 1.023 to 0.786
and from 0.392 to 0.318 respectively. The revised prediction results are also shown
in Fig. 4.
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Subjective evaluation ratings 
by predictions
Subjective evaluation ratings
by test drivers
95% confidence interval
Subjective evaluation ratings 
by predictions (revised)

Fig. 4 Comparison of subjective evaluation ratings by prediction vs. by test drivers

Table 8 Error statistics of the predictions

Statistical Error Steering
Effort

Solid
Feel

Center
Feel

Reluctant Feel at
Zero Angle

Reluctant Feel at
Other Angle

Maximum
Absolute Error

1.023 0.794 0.816 0.856 0.828

Mean Absolute
Error

0.392 0.313 0.286 0.310 0.341

1 2 3 4
-6

-4

-2

0

2

4

Peak value of torque (Nm)

R
at

in
gs

 o
f 

"S
te

er
in

g 
E

ff
or

t"

Data point

Linear model
Logarithmic model

Fig. 5 Scatter diagram of
‘‘steering effort’’
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To sum up, for each subjective evaluation item, the maximum absolute error is
around 0.8, while the mean absolute error is around 0.3. Comparing with the range
of the rating scale, i.e. 9, the mean absolute proportional error is less than 4 %. So
it can be concluded that the acquired five regression equations are available to
predict the corresponding subjective ratings.

7 Conclusion

In this paper, a new methodology with the involvement of SBW is proposed to
gain reliable correlations between subjective and objective evaluations. With
multiple regression and logarithmic regression, the adjusted coefficients of deter-
mination �R2 in 6 regression equations are all greater than 0.91, which serves as
proof that extending the distributions of steering feel is constructive to the iden-
tification of significant correlations. The predictions based on regression equations
work well with the mean absolute proportional error for each subjective evaluation
item less than 4 %. In addition, ‘‘Steering Stiffness at Low Level of Steering
Angle’’, ‘‘Torque Gradient at 1 m/s2’’ and several other objective evaluation
indices are regarded as key factors to achieve an exceptional on-center steering
feel.

As future work, the ideal ranges of key objective evaluation indices are sup-
posed to be identified for target setting in vehicle development on basis of acquired
regression equations. Also, if the proposed methodology can be extended to cover
vehicle response in a moving-base simulator, the complex handling quality will be
interpreted more subtly.
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Abstract Good or bad automotive quality mainly reflected in the advantages and
disadvantages of vehicle performance, Tuning Technology use method of com-
bining subjective and objective, adding simulation to give product correct position
in the process of earlier scheming, to ensure product has good performance in the
process of designing, to optimize product performance, and to ensure good chassis
performance and vehicle performance. Summarize chassis tuning flow which
provides basis for future car.
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1 Introduction

With the rapid development of auto industry in modern society,people demand
more and more requirements on the quality of auto, every OEM must raise the
product performance on the basis of low-cost, like this platform design become
a hot topic today. Platform design ensure product has better basic performance,
but can’t ensure every car has unique properties, so chassis tuning technology is
paid more attention to automotive designing and developing. The purpose is to
meet demand of projection by tuning damper, tire, spring, anti-rod, bushing,
steering, body and parameters of suspension, to optimize and balance handling
and riding by theoretic analysis and tuning [1]. the basic flow chart is shown in
the Fig. 1.

The traditional design only designs vehicle itself, but now performance is
ensured in automobile design from all aspects and each link, For example,
safety, riding comfort, durability, reliability and operation stability etc. Due to
the limited context, take A car as an example, this paper expounds using chassis
tuning technology in chassis design of car from the view of handling and sta-
bility, comfort, product design. Expounding the process how chassis tuning
technology ensure product performance in every stage of design, the paper
summarizes the flow chart of chassis tuning to guide the further automotive
design (Fig. 2).

2 Chassis Tuning Technology can Properly Recognize
the Quality of Auto

OEM designs vehicle to sell, in order to have better profit, the car must meet the
needs of customers and market. With the improvement of living standard, people
have more in pursuit of the car, different customer have different request. So the
quality of auto should be recognized in the early stages of product development.
The handling and stability and the comfort are two aspects of conflict, chassis
tuning technology synthetically evaluate the performance of competitive vehicle
from subjective evaluation and objective testing, to ensure the target of perfor-
mance based on market positioning of auto. A car is Sport multifunctional Vehicle,
and its competitive vehicles are B car and C car, we evaluate competitive vehicles
from subjective evaluation and objective testing to ensure the performance target
of A car. The evaluation results are shown in Fig. 3.

The main sale market is China for A car, in China, consumers demand better
comprehensive performance, meanwhile, the road is not good, so the final design
target for A car : primary ride and secondary ride close to B car level, partial
performance exceed it, handling close to B car level and the quality target car is B
car.
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3 Chassis Tuning Guides Design at Performance Point

How to ensure the designed product meets design target which is complicated and
arduous task. Chassis tuning emphasizes on design hardpoints in the stage of
designing because hardpoint is the basis of chassis design, whether the hardpoint is
reasonable or not directly affect chassis and vehicle performance. Its main eval-
uating indicator is K&C features, chassis tuning emphasizes on the K&C of new
car must meet target car. Only using simulation to analyze performance at the
stage of designing, now, ADAMS/Car is essential or minor design soft for auto, it

Fig. 1 Flow of chassis tuning

Fig. 2 Traditional design
flow
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has various kinds of functions of simulation and optimize, which is main tools of
designing auto.

According to original hardpoints of A car to build ADAMS model, as shown in
Figs. 4 and 5, the result of simulation shows the curve of toe VS travel cannot
meets design target in the front suspension, shown in Figs. 6 and 7, Z coordinate of
tierod Outer is main factor of affecting it [2], adjust the Z coordinate of tierod

Fig. 4 A car ADAMS model
of front suspension

Fig. 3 Radar figure of B car and C car
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Outer from -104 to -102 mm, as shown as blue curve in Fig. 6 which meets
design target. Similarly, the curve of toe VS travel cannot meets design target in
the rear suspension, shown as Figs. 8 and 9, adjust the Z coordinate of SCA
outer from -124.2 to -120.7 mm, as shown as blue curve in Fig. 7 which meets
design target. Like this, check every design target, and finish design work for
hardpoints.

4 Chassis Tuning Make Product to has Exclusive
Performance

Ride performance is dynamic performance of car [3], and has many factor affect it,
for example, spring, bump stop, bushing in the suspension system, top mount,
stiffness, weight, inertia of part etc., that cannot be optimized by calculating and
simulation. For instance, spring, we have difficult to hold moving weight perfor-
mance of it. Meanwhile, stiffness of bushing and pad is non-linear, we cannot
correctly describe its performance, so real car tuning is absolutely necessary.

1. Simulation to confirm specifications of tuning part

Stiffness of spring, radial of anti –rod and damp of damper are main factor
affecting handling and riding, so real car tuning has two steps, tuning spring and
anti-rod, tuning damper. We adopt subjective to match different spring and anti-
rod to confirm final project, but we cannot confirm optimization direction if we do
not fully know performance of A car before tuning, we must prepare a lot of
different specification spring and anti-rod to meet tuning demand. Like this, we
adopt simulation and adjust stiffness of spring and radial of anti-rod, to tuning
optimal performance parameter in the computer, to induce the number of spare
part. The Table 1 shows the process of confirm spring and anti-rod.

Fig. 5 A car ADAMS model
of rear suspension
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2. Subjective evaluation

According to simulation result, we evaluate real car from Favor objective to Spare
objective to confirm the specification of spring and anti-rod, and make sure the
handling is acceptable; then adjusting damping of damper, maily adjusting valve,
spring, aperture inner the damper, relating to pistion valve and base balve, the
pistion valve relate to rebound damper force and the latter relate to compression
damper force. The Fig. 10 is the rebound force chart of damper, it shows the curve
is divided into three sections, separately express damping curve which damper is
working in the low speed, middle speed and high speed, adjusting them to confirm

Fig. 6 B K&C test data of front suspension

Fig. 7 A simulation curve of front suspension
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Fig. 8 B K&C test data of rear suspension

Fig. 9 A simulation curve of rear suspension

Fig. 10 The rebound force
chart of damper
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riding, like this following to complete every tuning to achieve optimal combina-
tion handling with riding. the result of tuning for A car is shown in the Fig. 11.

5 Chassis Tuning Flow

Chassis tuning penetrates into each stage of chassis design to obtain better per-
formance, including determine target, design performance, optimize and validate
performance. Through setting reasonable target, accurate hard-point design and
tuning, A car obtains better performance and achieves the design goal. The flow
chart of chassis tuning we summarized is shown in the Fig. 12.

There are many factors affecting handing and stability, comfort, this paper
mainly discuss spring, stabilizer bar and absorber. The tyre also impacts chassis

Fig. 11 Radar figure of B car and C car

Fig. 12 Chassis tuning flow
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tuning, including velocity ranged, load capacity, tire noise, drainage performance,
steering performance, rolling resistance, etc. If the tyre is soft, the car will has better
comfort, but it will play down the performance of handing. On the other hand, hard
tyre can increase the performance of handing, but it will increase tire noise. The
paper only discuss handing and stability, comfort, not relate to NVH performance.

References

1. Zhang H (1999) Vehicle design. Mechanical industry Press, Beijing
2. Yu Z (2008) Automobile theory, 4th edn. Mechanical industry Press, Beijing
3. GB/T 12549-1990. Automotive controllability and stability-Terms and definitions

338 X. Meng et al.



Research of the Correlation of Vehicle
Handling Subjective Evaluation
and K&C Characteristics

Yanding Yang, Yinghao Li, Zhi Yue, Chaobin Wang, Mengchun
Chen, Jianxian Chen, Gan Chen and Jie Bai

Abstract Research Objective Vehicle ride and handling, which is important to the
overall vehicle safety, is one of the performances that the customers are most
concerned about. Therefore, the vehicle handling development, highly relied on
subjective evaluation, is indispensable during the vehicle development process.
Suspension K&C (Kinematics and Compliance) characteristics, which have direct
influence on vehicle handling performance, are the key technique targets during
vehicle design and validation processes. However, due to the lack of reliable link
between subjective assessments and K&C objective measurements, lots of chassis
tuning work still need to be done in order to accomplish the vehicle handling
development targets, even though advanced design and CAE tools have already
widely used in chassis design. In this paper, a methodology of analyzing the
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correlation between subjective evaluation and K&C measurements is further
studied in order to reduce the developing time and cost. Methodology In this paper,
six popular cars in Chinese market were chosen for subjective assessments by
expert six drivers and K&C objective tests by test rig. In the subjective assessment,
some parameters of the vehicle were evaluated. On the K&C test rig, the vehicles
were measured in different load cases such as vertical test, roll test, side force test,
brake force test, etc. And then a statistical methodology of multiple regressions was
applied to analyze the correlation between K&C measurement results and sub-
jective assessments. According to the multiple regression analysis, the correlations
of K&C characteristics and subjective evaluation can be defined by coefficient, and
the regression equation can be used to predict the subjective evaluation results of
the vehicle. Results With this methodology, vehicle handling performance is more
predictable and the relationships between subjective handling and K&C charac-
teristics are more reliable. Limitations of this study The mainly limitation of this
study is the accuracy of the regression equation. In order to increase the credit of
regression equation, more vehicle samples need to be test in the future work. What
does the paper offer that is new in the field: Although a lot of studies have already
done in K&C and vehicle handling performance field, the link between K&C and
vehicle handling subjective feelings is still lack of reliability. In this paper, using
multiple regression to study the correlation between subjective evaluation of
vehicle handling and K&C objective measurement is a new methodology in this
field. Conclusion This research can reduce the chassis tuning work cycles during
vehicle handling development and will also benefit the cost and time savings.

Keywords Subjective evaluation � K&C characteristics � Correlation �
Regression analysis

1 Background

Customers of today have increasingly requirements for vehicle perfor-
mance,especially for vehicle ride and handling. According to the purchasing
intention analysis by J. D. Power 2011, the top three considerations for car pur-
chasing are ride comfort, handling convenience and good-appearance [1]. There-
fore, vehicle ride and handling is one of the major factors influencing vehicle sales,
and thus need to pay special attention during the development process.

In the vehicle ride and handling development process, it is very difficult to
achieve the target through early-stage design and simulation. Hence chassis tuning
and optimization, mainly based on subjective evaluation and K&C object mea-
surements, is still indispensable in order to achieve the best compromise between
vehicle ride and handling. In this paper, we try to study the link between subjective
evaluation and K&C objective measurements, and by the methodology we studied,
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it is imply that part of K&C characteristics are highly correlated with vehicle
subjective handling feelings. The study results can reduce the chassis tuning work
cycles during vehicle handling development and will also benefit the cost and time
savings.

2 Method of Subjective Evaluation

2.1 Rating Rules of Subjective Evaluation

On the basis of customers’ definition of their perception of vehicles, the subjective
evaluation uses a 10-point scale. In the development process of vehicle ride and
handling, each index of subjection evaluation must reach 5 points before the car is
put on the market. See Table 1 for specific rating rules:

2.2 Items of Subjective Evaluation

In the development process of vehicle ride and handling, items of subjective
evaluation include ride, acoustic comfort, steering comfort, starting performance,
linear driving performance, steering pleasure, bend performance, and brake per-
formance. See Table 2 for specifications of each item.

Table 1 Rating rules of subjective evaluation [5]

Rating Vehicle condition Customers’ perception Judgment from motor
companies

1 Vehicle fails to meet safety
requirements

All customers can feel Not producible

2 Vehicle has a breakdown All customers can feel Not producible
3 Vehicle condition leads to

customers’ annoyance
All customers can feel Not producible

4 Vehicle is deficient Average customers’
complain

Not producible

5 Vehicle is deficient Average customers can
reluctantly accept

Border Line

6 Vehicle is barely satisfactory Critical customers can feel Can be released to the
market

7 Vehicle is good Critical customers can feel Can be released to the
market

8 Vehicle is very good Only experienced observers
can feel

Can be released to the
market

9 Vehicle is excellent Only experienced observers
can feel

Can be released to the
market

10 Vehicle is outstanding Not perceptible Can be released to the
market
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Table 2 Description of subjective evaluation [6]

Description

Ride comfort Spring response and road copying on rough road
Replicating track surface lateral (left/right)
Body damping, body vibration die-out
……

Acoustic comfort Rolling noise
Body damping, body vibration die-out
Chassis noise (rumbling and rattle)
……

Steering comfort Steering torque, parking effort
Steering wheel vibration
Steering wheel turn shocks
……

Drive-away characteristics Drive-away squat
Traction
Direction stability
……

Straight-ahead driving Direction stability on even road
Direction stability on uneven road
Sensitivity on longitudinal road joints
Flick steer
……

Steering behavior Steering response
Center point feeling
Reaction after steering input
Steering torque characteristic
Lane change
Aiming accuracy
……

Cornering ability Self steering response
Rolling behaviour
Rolling steering on uneven road
Turn-in ability, lateral force response
Load alteration effect
……

Brake performance Brake stability straight ahead
Braking behavior on uneven road
Braking behavior in curves
Brake diving/pitching
……
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3 K&C Measurement

As one of most significant factors that determine the stability of vehicle handling
[2, 3], the K&C characteristics of suspension impact vehicle steady-state and
transient steering, lane stability, braking stability, linear stability and road sense. In
the development process of vehicle ride and handling, K&C measurement is one of
the essential steps. See Table 3 for general measuring conditions and items.

4 Case Study of Vehicle Ride and Handling Development

In the development process of a prototype engineering vehicle, deficiency in
vehicle ride and handling is found through subjective evaluation of the vehicle.
Major factors that influence vehicle ride and handling are found through K&C
measurement of the prototype vehicle, and vehicle ride and handling are optimized
by improving its K&C characteristic.

Table 3 Conditions and Items of K&C Measurement [2, 3, 7]

Conditions Items of objective measurement

Steering kinematics Caster (deg)
Kingpin inclination (deg)
Caster trail (mm)
Scrub radius (mm)
Steering ratio

Vertical travel Wheel rate (N/mm)
Tire vertical stiffness (mm/kN)
Toe angle change (min/cm)
Camber angle change (min/cm)
Caster angle change (min/cm)
Height of roll center change rate (mm/mm)
Wheelbase change (mm/cm)

Rolling Roll rate (N/mm)
Axle steer (min/�)

Braking force Toe angle change (min/kN)
Camber angle change (min/kN)
Longitudinal stiffness (mm/kN)

Accelerating force Toe angle change (min/kN)
Camber angle change (min/kN)
Longitudinal stiffness (mm/kN)

Lateral force Toe angle change (min/kN)
Camber angle change (min/kN)
Lateral stiffness (mm/kN)

Aligning moment Toe angle change (min/kN)
Camber angle change (min/kN)
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4.1 Results of Subjective Evaluation of Prototype Vehicle

Subjective evaluation of the prototype vehicle is conducted in vehicle test ground
on the basis of the items specified in Table 2. See Fig. 1 for results of the
evaluation:

According to the subjective evaluation performance in Fig. 1, major problems
of the prototype vehicle are concluded as follows:

• Vertical vibration comfort was not good;
• Pitching motion was apparent;
• Yaw stability was not good and dynamic under-steer is too small during lane;
• The force feel was not good when steering wheel is on center;
• Linearity of steering response was not good;
• Road feel was not good on steering wheel during driving.

4.2 K&C Measurement of Prototype Vehicle

K&C characteristics of the prototype vehicle are measured in accordance with the
items in Table 3. See Table 4 for the result and analysis:

4.3 Optimization of K&C Characteristics

According to the above analysis of K&C and subjective evaluation, the optimi-
zation proposals for the K&C characteristics are specified by the changing of
suspension hardpoints, bushing characteristics and steering gear characteristics.
The K&C measurement results of the optimized prototype vehicle are listed in
Table 5.

Ride comfort

Acoustic comfort

Steering comfort

Drive-Away characteristics

Straight-ahead driving

Braking performance

Fig. 1 Radar figure of
subjective evaluation of
prototype vehicle
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Table 4 Result and analysis of K&C measurement of prototype vehicle

Items of K&C
measurement

Result of K&C measurement Analysis

Vertical test—
force versus
suspension
travel of front
suspension

When jouncing, the front
and rear suspensions
reached the bump stop
very early, and the
rebound travels were
too small. It may
cause comfort
problem

Vertical test—
force versus
suspension
travel of rear
suspension

Vertical test—
camber
change of rear
suspension

When Jouncing, the
camber angle change
of rear suspension was
too small, it may affect
the yaw stability of
vehicle (oversteer
tendency)

Lateral force—
toe angle
change of
front
suspension

The toe angle change was
too much in lateral
force and it was not
linear, it may affect
yaw stability of
vehicle

The steering system was
not stiff enough which
may cause road feel
and center point feel
problem

Lateral force—
toe change of
rear
suspension

Too much toe out change
when applied lateral
force. It may affect
yaw stability
(oversteer tendency)

……
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Table 5 Part of the K&C Measurement Result of the Tuned Prototype Vehicle

Items of K&C
measurement

Result of K&C measurement Description

Vertical jump—
stiffness of
front
suspension

Rebound travel and
stiffness of the
front suspension
were increased

Vertical jump—
Stiffness of
rear
suspension

Rebound travel of rear
suspension was
increased and the
stiffness was
reduced

Vertical jump—
camber
angle
change of
front
suspension

More negative toe
change of front
suspension

Roll—roll
stiffness of
front
suspension

Roll stiffness of front
suspension was
increased

(continued)
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4.4 Subjective Evaluation of Ride and Handling
of the Tuned Prototype Vehicle

Subjective evaluation of the tuned prototype vehicle is conducted in vehicle test
ground and the results of subjective evaluation are showed in Fig. 2:

As demonstrated by Fig. 2, by the optimization of K&C characteristics, the
prototype vehicle is improved in the following aspects:

• Vertical vibration comfort had a great improvement;
• Pitch motion was smaller;
• Linearity of steering response had a great improvement;
• Yaw stability had a great improvement;
• Steering feel had a great improvement.

To sum up, the subjective feel of vehicle ride and handling is improved by
optimizing the K&C characteristics of prototype vehicle. That is to say, the K&C
characteristics of vehicles are correlated to the subjective feel of vehicle ride and
handling. Research into this correlation holds great significance for the develop-
ment of vehicle ride and handling, which can be more accurately predicted and
controlled in the development stage.

Table 5 (continued)

Items of K&C
measurement

Result of K&C measurement Description

Lateral force—
toe angle
change of
front
suspension

Less toe angle change
of front suspension
under lateral force

Lateral force—
toe angle
change of
rear
suspension

More toe-in change
tendency

……
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5 Research Into the Analysis Method of Correlation Between
Vehicle Ride and Handling and K&C

5.1 Method of Correlation Analysis

The definition of correlation is that when one or several interrelated variables take
a certain value, it still changes within a certain range on the basis of a certain law
in spite of the uncertainty of the corresponding value of another variable, and this
relationship among variables is called uncertain correlation.

Correlation analysis and regression analysis are two basic methods to study the
correlation among phenomena. Correlation analysis uses an index to indicate the
degree of the interdependence among phenomena. Regression analysis is that a
specific form of correlation selects an appropriate mathematical model to
approximately express the average change in the relationship among variables [4].

5.2 Method of Correlation Analysis Between Subjective
Evaluation and K&C Measurement

In the development process of vehicle ride and handling, a considerable part of the
work is subjective evaluation and objective measurement. On the basis of main
driving conditions, subjective evaluation subdivides dynamics performance of
chassis into several subjective evaluation indexes, and then sets specific evaluation
standard and designing targets according to these indexes. Through the K&C test
bench and relevant tests, objective measurement is the measuring of specific
objective parameters that has significant impact on vehicle performance.

Fig. 2 Result of subjective evaluation of the refitted prototype vehicle
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Actually, certain correlation exists between subjective evaluation results and
specific parameters of objective measurement, and the correlation can be found by
correlation analysis, of which the contents mainly include:

1. Between which subjective evaluation values and objective measurement values
does the correlation exist?

2. In what form does the correlation appear between the correlated subjective
evaluation values and objective measurement values, linear correlation or
nonlinear correlation, for example and what is the degree of the correlation,
judged by specific correlation coefficient?

3. Through correlation analysis, unitary or multiple regression model is accurately
established.

As a certain vehicle performance is effected by many factors, usually a certain
subjective evaluation value is related to many objective measurement parameters.
For example, steering handiness is effected by kingpin inclination, caster, camber,
tire pressure…, and also yaw characteristic is effected by steering stiffness, wheel
alignment parameters, driving ratio, axle load distribution, tire cornering stiffness
and so on. Hence, analysis should be based on multiple regression analysis, and
one element regression analysis is supplemented.

See the following Fig. 3 for the correlation analysis between subjective eval-
uation and objective measurement as well as the procedure of building the final
predicting model.

Fig. 3 Analysis procedure of the correlation between subjective evaluation and objective
measurement
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5.3 Case for Correlation Analysis of Subjective Evaluation
and Objective Measurement that is Based on Multiple
Regression

The case in this paper selects the center point feeling subjective evaluation result
of some prototype vehicles and the objective measurement results of Steer stiffness
factors for correlation analysis. See Table 6 for the result of subjective evaluation
and objective measurement:

According to the above six samples, by regression analysis the correlation
coefficient of Y with X1, X2, X3, X4, X5 are 0.72, 0.67, 0.81, 0.84, 0.78. The
factor X3, X4 and X5 show relative high correlation to subjective center point
feeling. Hence multiple regression method is further applied to analyze the cor-
relation of X3, X4 and X5 (steering stiffness factors) to Y (center point subjective
feeling), and the result is showed in Table 7.

This case is an analysis of the correlation and multiple regression of Y with X3,
X4, and X5. According to the analysis result, 0.97 as the correlation coefficient of
Y with X3, X4, and X5 indicates significant correlation. Its significant coefficient
for correcting freedom is 0.86, which indicates that the regression equation has a
good fitting.

6 Conclusion

By correlation analysis (multiple regression analysis) in the development process
of vehicle handling and ride, and with large amounts of data from subjective
evaluation and objective measurement, the following targets are achieved:

Table 6 Subjective Evaluation Result and Objective Measurement Result of Steer stiffness
factors

Subjective evaluation Normalization (Y) X1 X2 X3 X4 X5

Vehicle 1 5.7 -1.28 0.98 2.01 2.89 3.89 5.01
Vehicle 2 6.5 0.41 1.86 3.8 5.98 8.14 11.32
Vehicle 3 5.8 -0.64 1.13 2.07 3.78 5.35 7.94
Vehicle 4 6.5 0.41 1.03 1.92 3.47 5.64 7.27
Vehicle 5 7.5 1.28 2.16 3.72 7.74 16 34.67
Vehicle 6 6.3 -0.20 0.68 1.6 3.08 5.3 6.68

Note Because of sample volume are too less, results of subjective evaluation were normalized

Table 7 Multiple regression results

Assessment rating of center point feeling Steering stiffness factors Multiple R R square

Y X3, X4, X5 0.97 0.94

Regression equation: Y ¼ �2:91� 0:60X3þ 1:41X4� 0:39X5
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1. Establish a basically-accurate multivariate regression model by correlation
analysis of objective measurement value which has a significant impact on
subjective evaluation.

2. Through the regression model, predict subjective evaluation value which cor-
responds to objective measurement value.

3. In the early stage of vehicle design, predict the subjective evaluation value that
can be acquired through vehicle correlation and thus offer help for vehicle
design and improvement.

According to the above analysis and cases, correlation analysis can guide and
help the development of vehicle handling and ride. However, due to lack of
samples, some of the analysis results are yet deficient and the following research
will focus on improving the accuracy of the correlation analysis results.
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Ride Comfort and Wheel Load
Fluctuation Compatible Control Using
Variable Stiffness and Damping

Yanqing Liu, Jin Hozumi and Masaaki Tabata

Abstract A purpose of a vehicle suspension is to isolate the body from road
disturbances. Simultaneously, it is to reduce wheel load fluctuations and improve
road holing. However, in conventional variable damping control suspensions, it is
a difficult issue to improve both the ride comfort and the wheel load fluctuations
simultaneously in the whole frequency region. In this paper, a new compatible
control algorithm using variable stiffness and variable damping was proposed. The
variable stiffness and the variable damping were designed simultaneously using
the nonlinear H infinite theory with frequency weighting functions. Twelve dif-
ferent control schemes involving passive, only variable damping, only variable
stiffness, and variable stiffness and damping control algorithms were explored. The
frequency and time responses of a quarter-car model to sinusoidal sweep and
random excitations showed that the system with the proposed control algorithm
provided excellent performances in the whole frequency region. Based on the
comparisons between the controller designed separately and the controller
designed simultaneously, the responses of the system with the proposed control
algorithm were similar to those of the system using variable stiffness to reduce the
low frequency responses of sprung mass accelerations, and using variable damping
to reduce the high frequency responses of wheel load fluctuations.
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Keywords Variable stiffness � Variable damping � Ride comfort � Wheel load
fluctuation

1 Introduction

Vehicle suspensions are utilized to support the weight, to isolate the body from
road disturbances, and to maintain the traction force between the tire and the road
surface. Therefore, the prime purposes of controlling suspensions are to improve
the ride comfort, and to reduce wheel load fluctuations for improving road holing.
Based on designs and energy requirements, suspension systems are categorized as:
passive, active, and semi-active. For the passive suspensions, the ride comfort and
the road holding were achieved trade-offs in the whole frequency [1]. For active
suspensions, the ride comfort and the road holding was improved simultaneously
[2, 3]. However, active actuators and lots of power are required. On the other hand,
semi-active control systems expend small energy because only the system
parameters, such as damping and stiffness, are altered. The idea of providing
variable damping and stiffness in semi-active control suspensions had been studied
by many researchers [4–8].

The semi-active control suspension with variable stiffness had an excellent
performance at low frequencies. Nevertheless, it had less influence on the wheel
vibration at high frequencies [1, 6–8]. In the semi-active control suspensions with
variable damping, the body acceleration and the wheel load fluctuation at low
frequencies was reduced. However, the wheel load fluctuation at high frequencies
was reduced insufficient [3]. Therefore, in order to reduce the body acceleration
and the wheel load fluctuation in the whole frequency, a new semi-active control
system should utilize the variable damping and the variable stiffness simulta-
neously. Moreover, because of the limitations of effects at different frequencies, the
variable damping and stiffness should be designed to reduce the body acceleration
and the wheel load fluctuation at certain frequencies without influences on other
frequencies. The nonlinear H infinite theory with frequency weighting functions
was utilized in control suspension systems by automobile researchers [3–5]. The
suspension performances could be controlled at certain frequencies using suitable
frequency weighting functions.

In this paper, a new compatible control algorithm using variable stiffness and
variable damping is proposed. The variable stiffness and the variable damping are
designed using the nonlinear H infinite theory with frequency weighting functions.
The responses of a quarter car model with the proposed control algorithm to
sinusoidal sweep and random excitations are studied in numerically calculations.
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2 Quarter-Car Model

A quarter-car model with variable stiffness and damping is shown in Fig. 1. Table 1
shows the parameter names and values in Fig. 1. The variable damping coefficient
csv and the variable stiffness ksv express the variable damper and the variable spring,
respectively. The equations of motion for the system shown in Fig. 1 are as follows.

mb€xb ¼ ðksn þ ksvÞðxw � xbÞ þ ðcsn þ csvÞð _xw � _xbÞ ð1Þ

mw€xw ¼ �ðksn þ ksvÞðxw � xbÞ � ðcsn þ csvÞð _xw � _xbÞ þ ktðxr � xwÞ ð2Þ

Based on Eqs. (1) and (2), the state space expressions are shown in Eqs. (3) and (4).

_xp ¼ Apxp þ Bp1wþ Bp2u ð3Þ

zp ¼ Cpxp þ Dp1wþ Dp2u ð4Þ

The matrices in Eqs. (3) and (4) are shown as follows. xp ¼

xr � xw

xw � xb
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Fig. 1 Quarter-car model
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The controlled output zp including the sprung mass acceleration and the wheel
load fluctuation Ft ¼ kt xr � xwð Þð Þ is evaluated. In a real car, the sprung mass
acceleration is measured by an acceleration sensor. The wheel load fluctuation can
be measured directly by a special implement or adopted an estimated value that is
derived from measured variables, such as unprung mass accelerations. The control
input u includes the variable damping coefficient csv, the variable stiffness ksv, and
the suspension deflection and velocity. The suspension deflection is measured by a
displacement sensor and the velocity is derived from the displacement. The values
of csv and ksv are designed using the nonlinear H infinite theory with frequency
weighting functions.

3 Controller Design

The controller using H infinite theory is designed using the generalized plant [2].
The generalized plant is composed of the system state expressions shown in Eqs.
(3) and (4), and the weighting functions of the controlled outputs.

3.1 Weighting Functions

The ride comfort is evaluated by the sprung mass acceleration in the frequency
region from 0 to 8 Hz, and the road holding is evaluated by the wheel load
fluctuation in the vicinity of the unsprung mass resonant frequency region from 8
to 32 Hz. Moreover, to improve the ride quality, it is important to isolate the
sprung mass from the road disturbances and to suppress the vertical vibrations
from 4 to 12 Hz, which is known to be a sensitive frequency range to human body
according to ISO 2631 [9]. Therefore, in this paper, band pass filters with the
frequencies of 0–8 Hz, 4–12 Hz, and 8–32 Hz are adopted as follows.

Table 1 Parameter values in the model

Parameters Names Values

mb Sprung mass (kg) 375
mw Unsprung mass (kg) 38
ksn Suspension middle stiffness (kN/m) 21.5
ksv Suspension variable stiffness (kN/m)

Csn Suspension middle damping coefficient (Ns/m) 2,500

Csv Suspension variable damping coefficient (Ns/m)
kt Tire stiffness (kN/m) 240
xb Sprung mass displacement (m)
xW Unsprung mass displacement (m)
xr Road displacement (m)
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_xw ¼ Awxw þ Bwzp ð5Þ

zw ¼ Cwxw þ Dwzp ð6Þ

where Aw, Bw, Cw, Dw are designed using a Butterworth filter. _xw and zw are
the variables of weighting functions. To reduce the order in the controller, the
Butterworth filter with one order is utilized and the gains of weighting functions
are shown in Fig. 2.

3.2 Generalized Plant

Based on Eqs. (3)–(6), the state space expressions of the generalized plant are
shown as follows.

_x ¼ Axþ B1wþ B2u ð7Þ

z ¼ Cxþ D1wþ D2u ð8Þ

The matrices in Eqs. (7) and (8) are shown as follows.

x ¼ xp

xw

� �

z ¼ zp A ¼ Ap 0
BwCp Aw

� �

B1 ¼
Bp1

BwDp1

� �

B2 ¼
Bp2

BwDp2

� �

C ¼ CwC1 Cw½ � D1 ¼ DwDp1
� �

D2 ¼ DwDp2
� �

Based on the generalized plant, the controller is designed using the nonlinear H
infinite theory [2]. The control input u is expressed as follows.

u ¼ �B2Px
_xw � _xb

xw � xb

� �

ð9Þ
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where P is calculated using Riccati Equation. Based on Eq. (9), the controlling
gain K of the variable damping and stiffness are expressed as follows.

KðxÞ ¼ �B2Px ð10Þ

Therefore, the variable damping coefficient and the variable stiffness are the
functions of x. The control scheme including weighting functions is shown in
Fig. 3. In a vehicle suspension system with variable damper and variable spring,
the forces designed in the controller are called required forces, and the forces
realized by the damper and the spring are called realized forces.

3.3 Variable Damper and Spring

A damper with variable damping and a spring with variable stiffness are utilized.
Figure 4 shows the performances of variable damper and spring.
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Fig. 3 Control scheme including weighting functions
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The damper and spring forces can be set to a required step of nine steps and a
required step of three steps, respectively. The required steps are designed based on
the required forces and the suspension velocity and displacement, respectively.

3.4 Control Algorithms

Twelve types of control schemes shown in Table 2 are explored. For Type 1, Step 5
of the damper and Step 2 of the spring are adopted and called Medium.

For Type 2-Type 6, the damping coefficients are designed using the H infinite
controller and the springs are always in the Step 2 state (called Variable damping
control). For Type 7 and Type 8, the spring stiffnesses are designed using the H
infinite controller and the damper are always in the Step 5 state (called Variable
stiffness control). For Type 9, the spring stiffness and the damping coefficient are
designed simultaneously in the H infinite controller (called Variable damping and
stiffness control, and abbreviated to DC ? SC). However, it is difficult to divide
the effects of the damper and the spring on the sprung mass acceleration and the
wheel load fluctuation, respectively. Therefore, the variable damping coefficient
and the variable stiffness designed separately using two H infinite controllers were
shown as Type 10 to Type 12.

4 Simulation Results

4.1 Frequency Responses to Sinusoidal Excitations

In the suspension as shown in Fig. 1, a logarithmic sinusoidal sweep input is
adopted in calculations. Figure 5 shows the transmissibility €Xb

�

_Xr

	

	

	

	 and Ft

�

_Xr

	

	

	

	 of

Table 2 Types of control algorithms
Types Control algorithms Frequency region of

the sprung mass
weighting factor (Hz)

Frequency region of the
wheel load fluctuation
weighting factor (Hz)

Abbreviation

Damping Stiffness

Type 1 Step: 5 Step: 2 – – Medium
Type 2 Variable Step: 2 0–8 0 DCL
Type 3 Variable Step: 2 0 8–32 DCH
Type 4 Variable Step: 2 4–12 0 DCM
Type 5 Variable Step: 2 0–8 8–32 DCLH
Type 6 Variable Step: 2 4–12 8–32 DCMH
Type 7 Step: 5 Variable 0–8 0 SCL
Type 8 Step: 5 Variable 0 8–32 SCH
Type 9 Variable Variable 0–8 4–32 DC ? SC
Type 10 Variable Variable 0–8 (Damping) 8–32 (Stiffness) DCL ? SCH
Type 11 Variable Variable 0–8 (Stiffness) 8–32 (Damping) DCH ? SCL
Type 12 Variable Variable 0–8 (Stiffness) 4–32 (Damping) DCMH ? SCL
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the twelve control schemes. Herein, €Xb, _Xr, and Ft are the magnitudes of €xb, _xr, and
Ft. Because the required force of SCH is always around the Step 2 and the realized
force is the same as that of Step 2, the responses of SCH and DCL ? SCH are the
same as those of Medium and DCL, respectively.

Based on Fig. 5, the DC ? SC system has good performance in the whole
frequency region, and are similar to those of DCMH ? SCL. In other words, the
distributions of the damper and the spring in DC ? SC algorithm are similar to
those in the DCMH ? SCH algorithm. Therefore, in the proposed DC ? SC
algorithm, the responses of sprung mass accelerations in the low frequency region
could be reduced using the variable stiffness control. Simultaneously, the
responses of wheel load fluctuations in the middle and high frequency regions
could be reduced using the variable damping control.

4.2 Time Responses to Random Inputs

The time responses to a random input and root means square (RMS) values of the
control algorithms are shown in Figs. 6 and 7, respectively.

Based on Figs. 6 and 7, the responses of DC ? SC and DCMH ? SCL are
similar and smaller that of DCL. Regarding the RMS values shown in Fig. 7, the
total sprung mass acceleration and the total wheel load fluctuation of DC ? SC are
smaller than those of DCL by 26 and 20 %, respectively. Moreover, the sprung
mass acceleration in the low frequency region and the wheel load fluctuation in the
high frequency region of DC ? SC are smaller than those of DCL by 54 and 13 %,
respectively. In the middle frequency region, the sprung mass acceleration and
wheel load fluctuation of DC ? SC are also smaller than those of DCL. Therefore,
the system with the proposed control algorithm has excellent performances in the
whole frequency region.
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The responses of conventional damping control DCL are regarded as comparing
base, and differences of the control schemes in the low, middle and high frequency
regions are shown in Table 3. The differences of DC ? SC are similar to those of
DCMH ? SCL. Therefore, the proposed control algorithm could also be applied
to a semi-active system using 2 electronic control units to design the variable
damping and the variable stiffness, respectively.

5 Conclusions

A new compatible control algorithm using variable stiffness and variable damping
was proposed. The variable stiffness and the variable damping were designed using
the nonlinear H infinite theory with frequency weighting functions. The responses
of a quarter car model with the proposed control algorithm to sinusoidal sweep and
random excitations were numerically calculated.

Based on the calculation results, the system with the proposed control algorithm
had better performances in the whole frequency region. Moreover, according to the
comparisons between the controller designed simultaneously and the controller
designed separately, the responses of the system with the proposed control algo-
rithm were similar to those of the system using variable stiffness to reduce the low
frequency responses of sprung mass, and simultaneously using variable damping
to reduce the high frequency responses of wheel load fluctuations.

The case of the suspension excited by a force input on the sprung mass will be
studied using the proposed control algorithm. Moreover, the testing will be exe-
cuted in a real car in future.

Table 3 Response differences as compared with the conventional damping control

Types Abbreviation Sprung mass acceleration(%) Wheel load fluctuation(%)

0.5–
1.5 Hz

1.5–
10 Hz

10–
20 Hz

0.5–
1.5 Hz

1.5–
10 Hz

10–
20 Hz

Type 1 & 8 Medium/SCH +27 +28 +10 +26 +12 -11
Type 2 &

10
DCL/

DCL ? SCH
0 0 0 0 0 0

Type 3 DCH +32 +36 +15 +32 +17 -13
Type 4 DCM +2 0 0 +2 -12 0
Type 5 DCLH 0 +9 +7 +1 +3 -11
Type 6 DCMH +3 +4 0 +2 0 -12
Type 7 SCL -33 +7 +3 -29 +6 -1
Type 9 DC ? SC -54 -19 -4 -49 -4 -13
Type 11 DCH ? SCL -18 +20 +9 -14 +15 -9
Type 12 DCMH ? SCL -50 -19 -4 -46 -8 -13

-: Smaller (good)
+: Larger (bad)
0: Same (Similar))
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Hybrid Steering of Wheeled Wheels

Muhammad Adeel Awan, David Purdy and Amer Hameed

Abstract This paper is focussed to assess the performance of a low cost steer-by-
wire system developed in the Vehicle Dynamics Laboratory at Cranfield Uni-
versity. The steering system plays an important role in vehicle’s safety by influ-
encing its handling performance and therefore considered as a critical vehicle
system. The performance of a steer-by-wire system is predominantly linked to its
actuators’ behaviour. This paper contains the findings of experiments carried out to
measure the actuators’ response. As the steering commands can be represented by
step, sinusoidal and combination of such inputs therefore the actuators are sub-
jected to similar sort of inputs with varying frequencies and amplitudes. In the later
part a controller is developed to improve the performance of the steering system
using the torque vectoring technique.

Keywords Hybrid steer � Steer-by-wire � Yaw-control � LQR � Vehicle model
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P

Fx Sum of forces acting on the vehicle in x-direction,
P

Fy Sum of forces acting on the vehicle in y-direction,
P

Mz Sum of moments acting on the vehicle in z-direction,
sflsfrsrrsrl Torque acting on the front left, front right, rear right and rear left

wheels respectively
a Distance between the front axle and the vehicle’s centre of mass
b Distance between the rear axle and the vehicle’s centre of mass
Fd Air drag force,
Fxfw Fxrw Longitudinal tyre forces at front and rear respectively
Fyfw Fyrw Lateral tyre forces at front and rear respectively
Iz Moment of inertia about z-axis
m Mass of the vehicle,
r Yaw rate of the vehicle
TFTR Track width at front and rear respectively
RflRfrRrrRrl Effective radius of the front left, front right, rear right and rear left

wheels respectively
u Longitudinal velocity of the vehicle
v Lateral velocity of the vehicle
Caf Car Cornering stiffness of the front and rear tyre respectively

1 Introduction

Since the inception of high speed automobiles, the automotive engineers are in a
constant pursuit to enhance their manoeuvrability and stability. The earlier ver-
sions of automobiles were steered by a tiller, which was replaced by a steering
wheel. The steering wheel is connected to the wheels by means of mechanical
linkages and transfers the driver’s commands to the wheels through these linkages.
This effort to enhance the steering system of a vehicle by introducing the steering
wheel dates back to 1893 when a Frenchman, name Alfred Vacheron, introduced
the steering wheel to his race car [1]. These efforts to improve the vehicle stability
and steerability continued on and resulted in the form of anti-lock brake system
(ABS), differential braking, yaw control, traction control, and active steering
system, which made their way to the production models. Among these perfor-
mance enhancement systems active steering phenomenon, being the least matured,
still lures the researchers.

An active steering system is one which uses an auxiliary arrangement to assist
the driver in controlling the vehicle. The active steering system can have various
forms; it can be a conventional steering arrangement assisted by an electric motor/
hydraulic pump or an arrangement in which the steering wheel is not directly
connected to the wheels and the wheels are steered by actuators that receive
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commands through a microprocessor. The latter steering arrangement is termed as
steer-by-wire system and is one of the advanced forms of the active steering
systems. The active steering goes back to at least the sixties [2] when Kasselmann
and Keranen [3] studied an active steering system in which a proportional feed-
back controller augmented the front steering angle by monitoring the vehicle yaw-
rate with a gyro.

The motivation for this paper is to envisage a future vehicle with a low cost
steer-by-wire system. This idea raises the need to explore the possibilities that
allow the replacement of a conventional steering system with a steer-by-wire
system. Due to its critical nature generally a steer-by-wire system contains high
performance actuators. These high performance actuators/motors are costly and
therefore do not provide a feasible solution for production vehicles. This paper
investigates the possibility of using the low cost actuators as a part of the steer-by-
wire system. In order to overcome the limited performance of these low cost
actuators this paper explores the compensation by torque vectoring techniques.
This provides control over the torque distribution to all wheels of a vehicle.
Generally this technique is implemented by a mechanical differential; however,
this work uses in-wheel electric motors to implement the torque vectoring
mechanism as these are being considered for both civilian and military vehicles.

2 Experimental Setup

The test vehicle, on which the low performance steering system was fitted, is
shown in Fig. 1. It is a dune buggy converted to include a steer-by-wire system
comprising two low cost linear actuators, a potentiometer to convert steering
commands into the respective voltages, a data acquisition (DAQ) module and a
laptop for data manipulation and gathering. The front and rear McPherson strut
suspension has been altered to accommodate four of such actuators to make the
vehicle four wheels steerable. However, for this work the rear wheels have been

Fig. 1 The test vehicle fitted
with the steer-by-wire vehicle
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kept fixed and only front two wheels were allowed to steer during the investiga-
tion. The actuator’s performance data sheet, provided by the supplier, suggests that
the actuator can travel at maximum speed of 45 mm/sec when a load of 2.3 kN is
acting on it.

Figure 2 shows the steer-by-wire system replacing the conventional steering
system. Due to physical limitations it was not possible to fit the actuators in-line to
each other on the vehicle chassis. The kinematic arrangement on the right side of
the vehicle was slightly modified to accommodate the actuator’s offset and
therefore both of the actuators travel in different lengths to steer the two wheels in
parallel. The actuators were fitted with two calibrated LVDTs to measure the
actuators’ displacement during the experiments.

3 Actuator’s Response

This section describes the experiments carried out to measure the response of the
low cost actuators. As mentioned earlier the steering commands can be generally
represented in the form of square and sinusoidal inputs. Therefore, the actuator
was subjected to inputs of similar forms of various frequencies and amplitudes.

3.1 Square Wave Response

The layout diagram of the experimental set-up is shown in the Fig. 3. In order to
investigate the actuators’ response they were fed with an input in the form of a
square wave.

Figure 4 shows the displacement versus time graph for the actuator. The data
shown in the figure was collected when the actuator was commanded to move from
one end to other at the frequency of 0.1 Hz. This frequency was chosen to allow
the actuator to reach the end position fully and then move back.

Fig. 2 Front steering
actuator and LVDT replacing
the conventional steering
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This experiment was repeated several times by varying input frequencies and
amplitudes. The measured responses show a relatively simple behaviour consisting
of a scaling factor to compensate for the steering kinematics and velocity satu-
ration from the actuator. Using this analogy a Simulink model is developed that
imitate the delayed actuator response. This model was validated by comparing its

Fig. 3 Experimental set-up layout

Fig. 4 Response of the actuator when subjected to the square wave input of 0.1 Hz
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output with that of the actuator, when subjected to an input of the same frequency
and amplitude. This has been shown in Fig. 5, which compares the outputs of the
Simulink model and the actuator when both are excited with a square wave of
0.1 Hz and maximum amplitude.

3.2 Sine Wave Response

In this set of experiments the actuator was driven by sine wave inputs of varying
frequencies and amplitudes to identify its behaviour in manoeuvres representing
lane-change or obstacle avoidance. Figure 6 shows the output comparison for the
Simulink model and the actuator when subjected to a sine wave input having
frequency of 0.2 Hz and maximum amplitude. These results show that the Sim-
ulink model of the steer-by-wire system represents the real system in an acceptable
manner. The root mean square error value between the actual and simulated
responses was within the range of 15–20 mm.

Fig. 5 Comparison of the Simulink model’s response with the experimental output
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Fig. 6 Comparison of sine wave response of the Simulink model and actuator

Fig. 7 Vehicle model with
seven degrees of freedom
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4 Simulation and Analysis

4.1 Vehicle Model

In order to analyse the effect of the above discussed steer-by-wire system on the
vehicle’s handling performance, its Simulink model is integrated with a vehicle
model, shown in Fig. 7, having seven degrees of freedom. This vehicle model is
also developed using Matlab/Simulink and the degrees of freedom are vehicle’s
lateral, longitudinal and yaw motions along with the rotational degree of freedom
for each tyre.

Applying the Newton’s second law of motion, the equations of motion can be
written as:
X

Fx ¼ Fxfwl cosdfl � Fyfwl sindfl þ Fxfwr cosdfr � Fyfwr sindfr þ Fxrwl þ Fxrwr � Fd

ð1Þ
X

Fy ¼ Fxfwl sindfl þ Fyfwl cosdfl þ Fxfwr sindfr þ Fyfwr cosdfr þ Fyrwl þ Fyrwr ð2Þ
X

Mz ¼ðFxfwl sindfl þ �Fyfwlcosdfl þ Fxfwrsindfr þ FyfwrcosdfrÞ � a

� Fxfwl cosdfl � �Fyfwlsindfl � Fxfwrcosdfr þ Fyfwrsindfr
� �

� TF

� Fyrwl þ Fyrwr

� �

� b� Fxrwl � Fxrwrð Þ � TR

ð3Þ

For wheels the equations of motion are:

_xfl ¼
1

Ifwl
ðsfl � RflFxfwlÞ ð4Þ

_xfr ¼
1

Ifwr
ðsfr � RfrFxfwrÞ ð5Þ

_xrr ¼
1

Irwr
ðsrr � RrrFxrwr Þ ð6Þ

_xrl ¼
1

Irwl
ðsrl � RrlFxrwlÞ ð7Þ

The torque values in the Eqs. (4)–(7) are the output of the in-wheel electric
motors, which are transferring the torque through a reducer as discussed by Es-
mailzadeh et al. [4].
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4.2 Tyre Model

A simplified version of Dugoff’s tyre model is used for this work. These equations
are given in [5], which provides tyre forces in pure slip as well as combined slip
scenario. The longitudinal and lateral tyre forces are written as:

Fx ¼ �
CSx Sx

1� Sxð Þ f ðkÞ

Fx ¼ �
Catana
1� Sxð Þ f ðkÞ

where k is a non-dimensional parameter related to tyre/road friction coefficient l
and normal load Fz. The Dugoff’s model assumes the normal load to be uniform
and this has been represented by the definition of k. It is given by:

k ¼ lFzð1� SxÞ

2 CSx Sxð Þ2þðCatanaÞ2
n o1=2

where

l ¼ lOð1� ASuw½S2
x þ ðtanaÞ2�1=2

The function f ðkÞ is defined as:

f kð Þ ¼ ð2� kÞk; k\1
1; k� 1

�

In the above equations lO is the tyre road friction coefficient uw½S2
x þ

ðtanaÞ2�1=2 is zero, AS is the friction reduction factor and uw is the velocity
component in the wheel plane.

4.3 Controller Design

The controller proposed in this paper is based on Linear Quadratic Regulator
(LQR) theory, discussed in detail by Dutton et al. [6]. A two degrees of freedom
bicycle model is used as the reference model for the controller design. The con-
troller monitors the vehicle (7 DOF) yaw-rate and compares it with the reference
yaw-rate generated by the bicycle model. The 2 DOF bicycle is derived in detail
by Abe [7] and it can written in state-space form as follows:

_x ¼ Axþ Bu

where
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A ¼
� 2ðCaf þ CarÞ

mu
2ðCarb þ Caf aÞ

mu � u
2ðCarb þ Caf aÞ

Izu
� 2ðCaf a2 þ Carb2Þ

Izu

" #

; B ¼
2Caf

m
Caf a

Iz

" #

4.4 J-Turn Manoeuvre with a Constant Speed

The J-turn manoeuvre is a simple testing procedure which allows the evaluation of
the vehicle’s transient response as well as its steady-state behaviour. In this
manoeuvre the vehicle first runs in a straight line and then enters into a turn when
the steering wheel is quickly rotated from the straight ahead position to a new one
and held constant. This step change in the steer angle results into a steady-state
cornering after the settling time is over. Figure 8 shows the outputs recorded
during the simulation in which the 7 DOF vehicle model is subjected to step steer
input of 3o when it was moving with the speed of 65 km/h. Due to this sudden
input the vertical loading on tyres is disturbed and the vehicle’s load shifts from
the left side towards the right. This can be observed in the second sub-figure of
Fig. 8. The yaw-rate curves show that the steer-by-wire vehicle model without

Fig. 8 Output recorded for a J-Turn manoeuvre at the speed of 65 km/h
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controller becomes unstable once subjected to this manoeuvre. This happens due
to the lag induced by the actuators in vehicle’s response. On the contrary the
vehicle model with the controller is able to complete the manoeuvre like the
reference vehicle model. The control action is applied by varying the torque values
for each wheel. This is shown in the third sub-figure, which shows the correcting
torque induced by the controller for each wheel. The fourth sub-figure is showing
the longitudinal slip for the all four wheels during this manoeuvre.

4.5 Sine Steer Manoeuvre

The sine steer manoeuvre is used to evaluate the vehicle’s transient lateral han-
dling response. In this test a single sine wave has been used as a steer input for the
vehicle. The amplitude and frequency of the sine steer command has been varied
to test the control system’s effectiveness to keep the vehicle stable at different
values of lateral acceleration. Figure 9 shows information about various parame-
ters and states recorded during a sine steer manoeuvre when a vehicle moving with
a velocity of 70 km/h was subjected to a sine steer input of amplitude 3o and
frequency 0.2 Hz. During this manoeuvre the lateral acceleration value of the

Fig. 9 Output recorded for a sine steer manoeuvre at the speed of 70 km/h
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uncontrolled vehicle shows that it enters into highly non-linear region where it is
difficult for an ordinary driver to control. On the contrary the vehicle equipped
with the designed control system follows the reference signal and remains stable.
The root mean square error values for lateral acceleration and yaw-rate are 0.06 g
and 1.8 deg/s respectively.

5 Conclusion

This paper introduces the Simulink model of a steer-by-wire system, validated by
experimental results. This steering model, in-conjunction with a seven degrees of
freedom vehicle model, is used to show that this low performance steering system
influences the handling response of the vehicle. Further a yaw controller based on
LQR theory is developed, which improves the vehicle response by introducing the
torque vectoring. Thus based on these simulation results it can be suggested that
there is a possibility for the future vehicles having in-wheel electric motors to use
low cost actuators for steering purpose.
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Integrated Development of Vehicle
Dynamics Demonstrated
on the New Bmw 3 Series

Pavel Kvasnicka and Peter Dick

Abstract This paper describes BMW’s new integrated approach for chassis
development. The chassis optimization process includes the evaluation of
requirements ranging from customer expectations to component parameters, as
well as testing and validation. BMW developed a novel systematic methodology
for combining the various design tools and methods. The process starts with an
assessment of customer requirements based on subjective criteria and objective
measurements. BMW uses a standardized set of objective criteria. This makes it
possible to compare vehicle performance through history and across the compet-
itors. Based on these criteria and subjective impressions the goals are defined.
These goals are then detailed into component requirements. For this purpose,
iterative development and validation steps are planned together in order to refine
the requirements, basing the new design on the results of the previous step. These
are determined through simulation, with a test-rig, or through vehicle testing. This
paper presents examples of chassis elastokinematics, the steering properties, and
the vertical suspension properties. The objective goals from the first step are
mapped to passive subsystems of the vehicle, such as suspension and steering, but
also to control systems as well. After the layout process, tests of the vehicle
hardware are performed and measured against the goals obtained from the cus-
tomer requirements. The virtual development process is supported by scalable
models and systems, starting with an expert system that demonstrates the depen-
dencies between subsystems, components and customer needs. A fast concept
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model provides a convenient way to detail the requirements to subsystems and a
subsequent transfer to further car derivates. Finally, more complex MBS and FEM
simulations are performed to optimize the component parameters. These steps
result in an effective development process, combining the strengths of the hard-
ware and virtual worlds. BMW uses these methods to develop derivates primarily
virtually while nonetheless ensuring outstanding driving dynamics.

Keywords Integrated vehicle design � Requirement assessment � Simulation,
objective measurements

1 Introduction

BMW strives to create exciting cars with outstanding driving performance in a
short and effective development process. This ensures an advantage in the current
challenging market environment. For the new 3 Series and its derivates BMW
instituted an approach using integrated virtual and hardware optimization steps for
the development of the chassis. In this approach simulation and hardware tests do
not just co-exist but intelligently build upon one another.

This paper describes the new integrated approach for the development of the
driving dynamics. The chassis optimization process includes the evaluation of
requirements such as customer expectations and component parameters, as well as
testing and validation. The novel methodology for combining the existing design
tools and methods is presented.

2 Integrated Development

The vehicle development process involves defining and testing requirements.
Starting with customer needs and developing them to component descriptions
(Fig. 1).

These development requirements cannot be implemented directly, as there are
many trade-offs which are partly solved in different teams. Moreover, a modern
development engineer has the option to choose from different methods, such as
simulation, hardware, prototypes and test rigs. A robust and time effective process
has to be established to support the progress of the development.

The development process is divided in several stages. For every stage the main
goals are predefined. The engineers are looking for the best combination of
developing and testing methods over the stages. For example, a suspension system
is selected by virtual methods. After this step, a prototype confirms this system and
defines new goals for the set-up. This new set-up is then further developed and
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tested on a virtual test-rig. The final set up is found in a prototype. These steps are
done for every main sub-system of the vehicle as shown in the ‘‘validation
landscape’’ (Fig. 2).

Because of these steps, an integrated plan was created. For example for the
development prototype phase (Fig. 3).

An integrated approach with virtual and hardware prototypes was established.
The hardware was mainly used to calibrate the knowledge and to establish a basis
of vehicle data and subjective impression. The virtual vehicles were used to
extrapolate the knowledge to derivates.

3 Chassis

The chassis of the 3 Series was developed with the goal of significantly improving
comfort compared to the previous model while remaining best in segment in
driving dynamics. Despite the already outstanding handling qualities, it was
necessary to improve some specific driving characteristics such as robustness in
straight-line-driving and steering accuracy/steering feedback to ensure the next
generation best in segment claim. Furthermore, improvements in objective criteria
(press tests) were challenging due to the reduced rolling resistance to achieve
CO2-reduction targets.

For the driving dynamics, objective values were selected: average ISO lane
change speed, maximum lateral acceleration and stability criteria like braking

Fig. 2 Validation landscape
of the 3 series

Fig. 1 Development process
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while cornering. These values are accompanied by subjective descriptions of how
the vehicle has to perform in different customer use cases and driving conditions.

The values of the previous model and comparable vehicles on the market were
acquired by measurements. For the subjective descriptions, BMW has a set of
objective criteria to translate the textual requirements into criteria usable for the
simulation.

For example, Fig. 4 shows a plot of the yaw gain with respect to the vehicle
velocity, defined as a measure of the vehicle’s agility. Similar plots were estab-
lished for stability criteria, steering properties etc. Based on these values and the

Fig. 4 Assesment of objective criteria for virtual layout

Fig. 3 Combination of HW and Virt. Prototypes in the calibration stage
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expert knowledge the suspension system in combination with the active systems
was optimized.

Considering all criteria regarding function, packaging, mass and costs, the first
set-up for the suspension is found using CATIA system [1]. This data is transferred
by an automated process to ADAMS [2], were the system calibration is calculated.

After these initial virtual and hardware developments, the double-joint front
axle with spring struts and the five-link axle rear suspension is selected.

One of the most important parts affecting the vehicle dynamics is the car body.
BMW has developed a map of global and local stiffness values of the car body to
handle the requirements of the driving dynamics. In a first step, these requirements
are prepared in a virtual environment generating variations for the hardware set up
(Fig. 5).

4 Steering

Similar to the overall driving dynamics, BMW has defined a set of goals to be
achieved relative to the previous model regarding the specific steering behaviour.
For example, the steering torque during a drive and a parking manoeuvre. The
disturbance reaction is defined. In an iteration process, the main attributes (steering
ratio, steering power) are pre-defined.

The sport steering of the 3 Series can be used as an example. The goal was to
provide a more direct and agile behaviour of the vehicle lateral response for the
city speeds and at the same time achieve a comfortable and robust behaviour for
the highway speeds. The property requirements are depicted in Fig. 6.

To accomplish these requirements, virtual tests were done. With different types
of variable steering ratios, the properties of the steering were tested (Fig. 7).

Fig. 5 Integrated Process for requirements of body stiffness
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Variant 2 fulfils the driving requirements for more agile behaviour at low
speeds, while being stable at highway speed. This set up was then tested and
confirmed in the hardware test.

5 Vertical Dynamics

The optimisations of the vertical design parameters for ride comfort and handling
can be decoupled under some circumstances [3]. The development process for the
3 Series is outlined in (Fig. 8).

Test drivers are able to sense even small differences in the stiffness of the main
springs. Based on the previous model, the development engineers provide the
spring stiffness for the front and the rear suspension according to the vehicle’s
character.

The target function for the roll moment ratio is mainly derived from the
requirements of agility and stability (Fig. 9). Using this target function, an opti-
misation of the vertical design parts is carried out. This optimisation delivers the
initial set-up for the development engineers’ tests. The results are then discussed in

Fig. 6 Requirements for the sport steering

Fig. 7 Yaw ratio with
different steering ratio set-ups
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detail regarding the under-steering and stability behaviour depending on lateral
acceleration. If needed, the target function is then adjusted and can be used for the
initial optimisation of the derivative models (such as the convertible or coupé)

6 Anti-Roll Bar Setting

First generic combinations of stiffness of the front and rear anti-roll bars are
simulated for the target functions initial roll moment ratio and overall stiffness.
The results are plotted in an overview matrix (Fig. 10), which includes the target
function overall stiffness in the lower part of each cell and the initial load transfer

Fig. 8 Development process, using quasi-steady-state cornering for lateral vehicle

Fig. 9 Definition of the
target function for the roll
moment ratio
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in the upper part. The printed values are normalised to a theoretical optimum. The
optimum is then found in the interception of the two target functions (in this
example in the middle of the table).

7 Tool Landscape

The integrated development is enabled by an integrated tool landscape. For the
suspension development, BMW uses numerous virtual and real tools. The effec-
tiveness is realised by an automated process for exchanging the requirements and
the data between the hardware and software tools. A comparison of the virtual and

Fig. 10 Example for an optimal anti roll bar set-up

Fig. 11 Measurement/
Simulation comparison for
yaw rate of the 3 series
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hardware results is performed periodically as depicted in Fig. 11 for the yaw rate
behaviour.

8 Hardware Tools

In an integrated environment, data exchange between the virtual and hardware
world is essential. BMW has established a PDM-CAE system which systemati-
cally couples the acquired data from the component and full vehicle measurements
with the simulation data models. Additionally, communication between the
hardware and virtual testing is implemented by integration teams, where hardware
and virtual tools are used interchangeably.

9 Virtual Tools

For the optimisation of the lateral dynamics, BMW’s Two-Track Model is used [4].
The model (Fig. 12) includes mathematical representations for the properties of
vertical dynamics, such as the main springs and dampers, bump stops, anti-roll bars
and roll centres. The Elasto-kinematics is described by mathematical functions
which are identified either from measurements or from simulation models, such as
ADAMS. The tyres are described with the Pacejka Formula [5].

For the optimisation of the vertical components such as the damper and top
mount, the vehicle is reduced to a one track model (Fig. 13). The model has four
DOF, two for the body (vertical travel and pitch) and one vertical DOF for each
suspension.

Fig. 12 Diagrammatical representation of the vehicle dynamics model
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The model is stimulated by either measured or synthetic signals. The analyses
can be done on a vehicle or a component level, which is important for the cal-
culation of the operating points of the mounts and dampers.

When the load case is a highly non linear excitation, or component require-
ments are needed, the design criterion requires a detailed model and multi-body
simulation with ADAMS/Car is used at BMW. The model includes single rods
connected by elastic elements with non-linear properties. The tyre model includes
a flexible belt [6], which enables the embedding of obstacles.

10 Conclusion

With this new integrated process it was possible to prepare a good basis for a final
calibration to achieve the challenging goals over an increasing number of model
variants whilst using fewer resources. Moreover, in the press manoeuvres such as
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iso-lane change the 3 Series is a new benchmark in its class Fig. 14. Many test
results of the international automotive press underline the achieved targets of the
new 3 Series with respect to driving dynamics and road comfort.
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Torque Feedback Control for the
Hand-Wheel Actuator of SBW Based
on Active Disturbance Rejection
Controller

Guangzheng Gao, Hui Chen, Liming Lou and Shirou Nakano

Abstract The nonlinear friction, parameter perturbation and other inner or
external disturbances existing in the hand-wheel actuator (HWA) of steer-by-wire
system (SBW), have a bad effect on the torque feedback control of SBW. In this
paper, a new torque feedback controller based on the active disturbance rejection
control theory (ADRC) is proposed for the torque feedback control of the HWA of
SBW. The ADRC controller includes three components: Tracking Differentiator
(TD), Extended State Observer (ESO) and Nonlinear State Feedback (NLSF). It
can estimate the inner and external disturbances including the nonlinear friction
disturbance and compensate them in real time. The simulation results show that
ADRC controller has better performance than PID controller in the robustness to
the nonlinear friction disturbance.

Keywords Steer-by-wire � Torque feedback control � Friction compensation �
Active disturbance rejection control � Extended state observer
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1 Introduction

The SBW (steer-by-wire system) has many advantages over the traditional steering
system in vehicle handling performance, safety, especially greater freedom in the
force feedback characteristic design. It has great application prospects in the future
automobile technology. Therefore, more and more scholars have paid close
attention to the research of SBW [1, 2]. Normally, most mechanical components of
the hand-wheel actuator (HWA) of SBW are the same as that of C-EPS (Column
type Electric Power Steering), hence the HWA of C-EPS can be used to do
research on SBW.

In order to simulate the real road feel, the torque feedback control of HWA
needs to obtain both desirable torque command tracking performance and good
robust performance. However, the inner or external disturbances, especially the
nonlinear friction existing in the HWA of SBW, have a bad effect on the torque
feedback control and make the torque feedback control particularly challenging.
The friction torque existing in the HWA of SBW is normally large and it is
characterized with strong nonlinearity, uncertainty and hysteresis. The mechanical
friction torque can lead to tracking wave distortion at the zero-speed crossing
point, system steady-state error and stick–slip phenomenon [3–5]. The friction
disturbance is the main factor that affects the performance of the torque feedback
control of SBW.

Some scholars proposed the friction compensation methods based on the friction
model. The friction models, such as the Static Stribeck Model, the LuGre Model,
etc. have been established [6]. The accurate friction compensation depends greatly
on the degree of the precision of the friction model. However, in the practical
application, some parameters are challenging to measure. In addition, the friction
model is the function of the relative velocity, but accurate signal of relative velocity
is hard to obtain at low velocity. All factors mentioned above reduce the precision of
the friction model and thus it will affect the performance of friction compensation.

Other scholars proposed the friction compensation methods through improving
the disturbance rejection ability of the system [3, 6]. These methods do not depend
on the accurate friction model. Among these methods, PID (proportional-integral-
derivative) controller is widely used because it’s simple and effective. However,
PID controller is sensitive to the disturbance and the parameter perturbation of the
system. Steady-state error of the system and the tracking wave distortion at the
zero-speed crossing point exist when PID controller is adopted in the friction
compensation control. When the static friction is larger than the Coulomb friction,
the limit cycle oscillation exists in the friction compensation method based on PID
controller [7].

In this paper, a new torque feedback controller based on the active disturbance
rejection control technique (ADRC) is proposed to realize the friction compen-
sation and improve the torque feedback control performance of the HWA of SBW.
The basic idea of ADRC controller is to estimate the real-time disturbances,
including the friction disturbance, and compensate them in real time. The ADRC
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controller doesn’t depend on the friction model and it can achieve both desirable
torque command tracking performance and good robustness to the system
disturbances.

The paper is organized as follows. The model of HWA of SBW is established in
Sect. 2. The torque feedback controller based on ADRC is designed in Sect. 3.
The simulation test results are shown in Sect. 4. Finally, the conclusion is given in
Sect. 5.

2 Model of the Hand-Wheel Actuator of SBW

2.1 Model of the Mechanical Structure of the HWA

The HWA of SBW introduced in this paper is modified from C-EPS, and the
mechanical structure of the HWA of SBW is shown in Fig. 1.

According to the idea of reduced order modeling, the HWA of SBW can be
simplified to two masses as shown Fig. 1, namely the steering wheel and the
steering column, the DC motor. The dynamic model of the HWA can be described
as follows:

JC
€hC þ CC

_hC þ KSðhC �
hM

n
Þ ¼ Th

JM
€hM þ CM

_hM þ
KSðhM

n � hCÞ
n

þ FM ¼ TM

8

>

>

<

>

>

:

ð1Þ

Where JC is the moment of inertia of the steering wheel and the steering column,
JM is the moment of inertia of the DC motor; hC, hM are the angular displacement;
CC, CM are the damping coefficient; KS is the stiffness coefficient of the torque
sensor; n is the transmission ratio of the worm gearing; FM is the equivalent
friction torque existing in SBW; Th is the steering torque of the driver; TM is the
DC motor torque.

2.2 Electrical Model of the DC Motor

The PWM servo drive is used to drive the brush type DC motor applied in the
HWA at a high switching frequency. The PI controller inside the PWM servo drive
is applied to realize the current closed-loop control of the DC motor. The electrical
model of DC motor can be described as follows:

ud ¼ Kpwmu

Riþ L
di

dt
þ Ke

_hM ¼ ud

TM ¼ KMi

8

>

>

>

<

>

>

>

:

ð2Þ
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Where Kpwm represents the amplification factor of PWM servo drive, u is the
control voltage of PWM servo drive, ud is the terminal voltage of DC motor, R is
the armature resistance, L is the armature inductance, i is the armature current, Ke

is the back EMF constant, KM is the DC motor torque constant, TM is the
electromagnetic torque of DC motor.

2.3 The Friction Model

The mechanical friction torque is the main factor that affects the performance of
the torque feedback control of SBW. In this paper, the friction model is established
based on the Static Stribeck Model [3, 6, 8]. This friction model is the function of
relative velocity and it is shown in Fig. 2. It takes the static friction, the Coulomb
friction, the viscous friction, especially the Stribeck effect into account. Therefore,
it is able to describe the friction characteristic roundly.

The static friction is simplified by a linear function and its peak value Fbrk is the
static breakaway friction torque. It is higher than the Coulomb friction FC. The dip
in the curve is called the Stribeck effect, which is the main factor causing the
friction stick–slip phenomenon. The viscous friction works at the higher magni-
tudes of velocity, where the friction is the linear function of the velocity. The
Static Stribeck Model can be described as follows:

F ¼
ðFC þ ðFbrk � FCÞ expð�cv xj jÞÞsignðxÞ þ f x; xj j[ ¼ xth

x fxthþðFCþðFbrk�FCÞ expð�cvwthÞÞ
xth

; xj j\xth

�

ð3Þ

Where x is the relative velocity; f is the viscous friction coefficient; cv is the
transition approximation coefficient; and xth is the linear region velocity threshold.
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Fig. 1 Mechanical structure
of the HWA of SBW
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2.4 The Torque Feedback Control Structure of SBW

The structure diagram of the torque feedback control of SBW is shown in Fig. 3.
The objective of the control system is to provide reaction torque to the driver as
designed by the force feedback characteristic. hC represents the steering wheel
angle, and it is the input of the control system. T_Cmd is the command of reaction
torque to the driver, and it is the input of the torque feedback controller. T_Cmd is
designed by the force feedback characteristic according to the steering wheel angle
hC. w represents the disturbances to the HWA of SBW and in this paper, it mainly
represents the nonlinear friction disturbance. TS is the torque sensor signal. The
compensation module includes inertia compensation and damping compensation.
Through the compensation module, we can get the estimated value of the steering
torque of the driver Th_est. Th_est is the feedback of the torque feedback con-
troller. The torque feedback controller generates the current command of DC
motor i_Cmd. i is the actual current of DC motor. TM is the electromagnetic torque
of DC motor and it is the input of the mechanical structure of the HWA, thus the
driver can get reaction torque from SBW.

3 Torque Feedback Control of SBW Based
on ADRC Controller

3.1 Active Disturbance Rejection Controller Design

Consider a second-order system as follows:

ω

F

thω

CFbrkF

Stribeck effect

Viscous Friction

Fig. 2 The static stribeck
friction model
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_x1 ¼ x2

_x2 ¼ f ðx1; x2Þ þ wþ b0u

y ¼ x1

8

>

<

>

:

ð4Þ

Where x1, x2 are the state variables of the system. f (x1, x2) is the dynamic
characteristic of the system and it is regarded as the inner disturbance of the
system. w is the unknown external disturbance. u is the input of the system and y is
the output of the system. b0 is the coefficient of the system input. The basic idea of
ADRC controller is to regard all the disturbances of the system as the new state
variable x3, as shown in Eq. (5) and Extended State Observer can estimate x3 and
make feed-forward compensation in real time, namely realizing the active
disturbance rejection control.

_x1 ¼ x2

_x2 ¼ x3 þ b0u

x3 ¼ f ðx1; x2Þ þ w

y ¼ x1

8

>

>

>

<

>

>

>

:

ð5Þ

The ADRC controller includes three components: Tracking Differentiator (TD),
Extended State Observer (ESO) and Nonlinear State Feedback (NLSF) [9]. The
control block of ADRC controller is shown in Fig. 4.

The second-order discrete algorithms of ADRC controller are described as
follows:

TD :
v1ðk þ 1Þ ¼ v1ðkÞ þ hv2ðkÞ
v2ðk þ 1Þ ¼ v2ðkÞ þ hðfstðv1ðkÞ � v0ðkÞ; v2ðkÞ; r; h0ÞÞ

(

ð6Þ

ESO :

z1ðk þ 1Þ ¼ z1ðkÞ þ hðz2ðkÞ � b1eðkÞÞ
z2ðk þ 1Þ ¼ z2ðkÞ þ hðz3ðkÞ � b2feþ b0uÞ
z3ðk þ 1Þ ¼ z3ðkÞ þ hð�b3fe1Þ
eðkÞ ¼ z1ðkÞ � yðkÞ; fe ¼ falðeðkÞ; 0:5; dÞ; fe1 ¼ falðeðkÞ; 0:25; dÞ

8

>

>

<

>

>

:

ð7Þ

Fig. 3 The structure diagram of the torque feedback control of SBW
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NLSF :

u0ðkÞ ¼ kpðfalðe1ðkÞ; a1; d1ÞÞ þ kdðfalðe2ðkÞ; a2; d2ÞÞ
uðkÞ ¼ u0ðkÞ � z3ðkÞ=b0

e1ðkÞ ¼ v1ðkÞ � z1ðkÞ
e2ðkÞ ¼ v2ðkÞ � z2ðkÞ

8

>

>

<

>

>

:

ð8Þ

Where w is the external disturbance of the system and y is the output of the system;
h is the sampling step of the system; fst, fal are the nonlinear functions designed by
Han Jingqing to improve the performance of the controller [10]. Nonlinear TD can
arrange the transition process for the input signal v0 of the system. TD provides the
tracking signal v1 and the differential signal v2 for the input signal v0. It solves the
problem of contradiction between the rapidity and overshoot existing in the PID
controller. The NLSF adopts the nonlinear combination of the state variable error
signals e1, e2 between TD and ESO to generate the control signal u of the system
through dynamic feedback linearization. ESO is the most important part of ADRC
controller. It estimates the state variables x1, x2 with z1and z2 based on the input
u and the output y of the system. Particularly, ESO regards the system disturbances
(inner and external disturbances) as the new system state variable x3, namely the
extended state variable. ESO can estimate x3 with z3 and compensates it in real
time. In this way, ADRC controller can realize the active disturbance rejection.

3.2 Torque Feedback Control Based on ADRC Controller

The structure diagram of the torque feedback control of SBW based on ADRC
controller is shown in Fig. 5. hC is the input of the control system. In this paper,
the torque feedback control is focused, so the force feedback characteristic is
simplified to be a simple linear model. The bandwidth of the current closed-loop
control of DC motor (about 200 Hz) is much higher than that of the torque closed-
loop control, thus the current command i_Cmd is nearly equal to the motor current
i and the motor current i can be regarded as the input of SBW sytem. Th_est
estimates the steering torque of the driver, and it is the feedback to the ADRC
controller. Hence the model of the HWA of SBW can be described as follows:

TD
0v

NLSF PLANT

ESO

1v

−

−2v

2e

1e
0u u

−

w

y

0

1
b 0b

3z

2z

1z

Fig. 4 Control block of
ADRC controller
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JM
€hM þ CM

_hM þ KSðhM=n� hCÞ=nþ FM ¼ TM

n

ð9Þ

Th est ¼ KSðhC � hM=nÞ þ JC
€hC þ CC

_hC: ð10Þ

TM ¼ KMi: ð11Þ
According to the Eq. (10),

hM ¼ nhC � nðTh est � JC
€hC � CC

_hC Þ=KS ð12Þ

Substitute the Eqs. (11) and (12) into the Eq. (9), and define x1 = Th_est,
x2 ¼ _Th est, the Eq. (9) is transformed into the Eq. (13).

_x1 ¼ x2

_x2 ¼ x3 þ b0i

x3 ¼ f ðx1; x2; hCÞ þ w

y ¼ x1

8

>

>

>

<

>

>

>

:

ð13Þ

Where x3 is the extended state variable, f (x1, x2, hC) is regarded as the inner
disturbance and w = (KS/(JMn)) � FM, represents the friction disturbance; b0 =

-(KSKM)/(JMn).

4 Simulation Results

The simulation model of the HWA of SBW and ADRC controller are designed. The
simulation test condition is in accordance with on-center steering test [11].
The system input is the steering wheel angle, hC = (12p/180) sin(0.4pt) rad.
The force feedback characteristic is a linear model, T_Cmd = (45/p) � hC Nm. The
simulation parameters are shown in Tables 1, 2, 3, and 4 follows.

In order to show the good performance of ADRC controller, the control
performance comparison is made between PID and the ADRC controller.

Fig. 5 The torque feedback control diagram of SBW based on ADRC controller
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4.1 Simulation Without Disturbances

Considering the HWA of SBW without friction torque (namely w = 0), the
parameters of PID and ADRC controller are properly tuned, and they almost have
the same torque command tracking performance. Figure 6 shows the simulation
results and Fig. 7 shows that ESO can estimate the disturbance of the system x3

with z3.

Table 1 Electric parameters
of DC motor

Parameters Value

L 300 lH
R 100 mX
Kpwm 0.24
Ke 0.05 V�s/rad
KM 0.05 Nm/A

Table 2 Parameters of
friction torque

Parameters Value

FC 0.055 Nm
Fbrk 0.06 Nm
Cv 3
F 0.001 Nm�s/rad
Wth 0.001 rad/s

Table 3 Parameters of the
HWA

Parameters Value

JC 0.032 kg�m2

CC 0.02 Nm�s/rad
KS 140 Nm/rad
JM 0.00013 kg�m2

n 16.5
CM 0.0044 Nm�s/rad
– –

Table 4 Parameters of
ADRC controller

Parameters Value Parameters Value

h 0.001 kd 0.16
r 10,000 a1 0.5
b1 1200 a2 1
b2 700,000 d1 0.1
b3 65,000,000 d2 0.1
d 0.3 b0 -3365
kp 0.9 – –

Active Disturbance Rejection Controller 399



4.2 Simulation with Friction Disturbance

Taking the influence of nonlinear friction disturbance existing in the HWA into
account, the simulation results are shown as follows. Figure 8 shows that ADRC
controller has better robustness to nonlinear friction disturbance than PID. Nor-
mally, the minimum torque that a driver can feel is about 0.2 Nm. The maximal
torque error of ADRC controller is about 0.1 Nm, while the maximal torque error
of PID controller is 0.23 Nm, which is larger than the torque threshold 0.2 Nm.
Figure 9 shows the friction disturbance with strong nonlinearity existing in the
HWA of SBW. Figure 10 shows that ESO can estimate the system disturbances x3

with z3 in real time accurately and realize the active disturbance rejection.
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4.3 Simulation with Parameter Perturbation

The friction torque existing in SBW may become larger for poor lubrication or
other reasons. Taking the influence of parameter perturbation into account, the
peak value of the static friction in DC motor is changed to be 0.08 Nm from
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0.06 Nm. The simulation results are shown as follows. Figure 11 shows that
ADRC controller has stronger robustness to system uncertainty than PID. The
maximal torque error of ADRC controller is 0.15 Nm, while the maximal torque
error of PID controller is 0.3 Nm, which is larger than the torque threshold 0.2 Nm
that a driver is able to feel. Figure 12 shows the friction torque in SBW and Fig. 13
shows that ESO can estimate the disturbances of the system x3 with z3.

0 1 2 3 4 5 6 7 8 9 10
-0.4

-0.2

0

0.2

0.4

Time/s

T
or

qu
e 

T
ra

ck
in

g
E

rr
or

/(
N

m
)

0 1 2 3 4 5 6 7 8 9 10-4

-2

0

2

4

Time/s

T
or

qu
e/

(N
m

) Torque Command
PID
ADRC

PID
ADRC

Fig. 11 Simulation result with parameter perturbation

0 2 4 6 8 10
-0.1

-0.05

0

0.05

0.1

Time/s

F
ric

tio
n 

T
or

qu
e/

(N
m

)

Fig. 12 Friction torque in
SBW

0 2 4 6 8 10
-2

-1

0

1

2x 10
4

Time/s

D
is

tu
rb

an
ce

/(
N

m
/s

2
)

x
3

 z
3

Fig. 13 Disturbances in
SBW

402 G. Gao et al.



5 Conclusion

In this paper, a new control method based on ADRC controller is proposed for the
torque feedback control of the HWA of SBW. The simulation results based on
MATLAB/Simulink software show that a good performance on the nonlinear
friction rejection is obtained and both good torque tracking performance and
strong robustness to system uncertainty and external disturbances are realized.
The simulation results show that the maximal torque error caused by friction
disturbance is smaller than 0.2 Nm, the torque threshold a driver can feel, when
the torque feedback control of SBW is realized by ADRC controller. Such kind of
torque feedback control method could also be used in the hand-wheel actuator of
driving simulator.
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Simulation and Modelling of Steering
Ripple and Shudder

Jinhuai Lin and Peter E. Pfeffer

Abstract Vehicle dynamics simulation is very common nowadays at any stage of
chassis development which saves development time and cost. An Advanced
Steering System Model has been developed and implemented in virtual environ-
ment to simulate steering characteristics and handling performance. In the vehicle
measurement, it was found that the steering friction decreases when driven on an
uneven road. As steering friction is an important steering characteristics related to
steering centre feel, the Advanced Steering System Model should be able to pro-
duce accurate results for such phenomenon. The objective of this study is to validate
the Advanced Steering System Model at different levels of road excitation. A
steering system test bench was built up to realize the hardware-in-the-loop tests. In
order to investigate the influence of the road excitation to the steering system
friction, left and right rack forces were recorded on the test bench when the vehicle
was driven on an uneven road. These two signals were imposed to the steering rack
force to simulate the random road excitation in vehicle measurements. The mea-
surements were used to validate the Advanced Steering Model. The Advanced
Steering Model comprises mechanical module and power assist module. The
advanced friction element in the mechanical module consists of an Exponential-
Spring-Friction-Element and a parallel Maxwell-Element. It represents the fre-
quency and amplitude dependency of the steering system accurately with appro-
priately identified parameters. The current parameters for the friction model were
identified implicitly in this paper. The imposed noise was generated on a predefined
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uneven road. Further effort should be made to characterize this effect with constant
frequency and amplitude force inputs on the test bench. The Advanced Steering
Model is capable of representing the system response to the random road excita-
tion, typically the friction reduction of the system due to the random noise input.

Keywords Steering system modelling and simulation � Centre feel � Steering
ripple � Steering shudder � Road excitation

1 Introduction

Vehicle dynamics simulation is very common nowadays at any stage of chassis
development which saves development time and cost. An Advanced Steering
System Model has been developed and implemented in virtual environment to
simulate steering characteristics and handling performance [1].

In the handling performance evaluation, the steering friction is an important
criterion to the steering centre feel [2]. In the vehicle measurement, it was found
that the steering friction decreases when driven on an uneven road. Therefore, the
Advanced Steering System Model must be able to represent such phenomenon.
The objective of this study is to validate the Advanced Steering System Model at
different levels of road excitation.

2 Steering Response to Noise

2.1 Measurements Setup

A steering system test bench was built up to realize the hardware-in-the-loop (HIL)
tests such as weave test or steady state circular test. Figure 1 shows the fixing of
the steering system on the test bench platform. Two linear motors, which are
connected to the steering rack on the left and on the right, are used to apply the
lateral forces. The steering wheel is connected to a steering motor, which applies
the torque of the drive.

The steering system is set up on the test bench according to the positions mea-
sured on the vehicle. The steering system used in the study is a column assist electric
power steering system (EPSc). The two rack force actuators on the test bench apply
the rack forces calculated by a vehicle model. For coupling of the steering rack with
the test bench, tie rods are used that are parallel to the steering rack. The steering
wheel motor simulates the driver input in steer-by-angle or steer-by-torque mode.
The test bench is controlled via a dSPACE real time environment.

Figure 2 shows the interaction between test bench controller and the software
environment CarMaker 3.5.1/HIL for dSpace. The two linear motors are force
controlled and the steering motor is torque controlled or angle controlled. The
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input signals for CarMaker are the measured position, velocity and acceleration for
left and right linear motors and the steering motor. The CarMaker outputs to the

Fig. 1 Components of the steering test bench at Munich University of applied sciences

Fig. 2 Communication of the steering test bench with CarMaker
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steering test bench are the desired steering wheel angle or torque and the left and
right rack forces.

2.2 Steering Response to Noise

In order to investigate the influence of the road excitation to the steering system
friction, rack forces for left and right were recorded on the test bench first while the
vehicle was driven on an uneven road. These two signals were then added to the
rack forces during HIL tests. The noise variations of 0, 10, 25, and 50 % were
applied in addition to the rack force calculated by the vehicle model (Fig. 3).

Figure 4 shows that the friction levels of the steering system at different levels
of the imposed noise during weave test. In order to derive the tendency of the
steering friction deviation, the objective parameters (Table 1) from weave test
were calculated. As shown in Fig. 5, the friction of the system decreases while the
steering stiffness increases slightly.

3 Description of the Advanced Steering Model

The Advanced Steering System Models (ASM) was developed in order to repre-
sent and simulate the accurate characteristics of steering systems [1]. The model
comprises of mechanical module and power assistance module. The required input
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signal of the model is either steering wheel angle or steering wheel torque.
A single track vehicle model or a more advanced vehicle model such as the
dynamic vehicle model in CarMaker provides the steering model the tie rod force
input. The steering model supplies the vehicle model the steering rack position.

Figure 6 shows the steering model layout. The power assistance module refers
to the assistance of the hydraulic powered steering system (HPS) or electric
powered steering system (EPS) for respective steering systems. The mechanical
module provides steering velocity and rack velocity to the power assistance
module while the power assistance module feeds back the assisting force and the
friction caused by the power assistance module such as the sealing friction caused
by the pressure in HPS system.

The mechanical model was developed and shown in Fig. 7 schematically. It
contains all mechanical components which transfer torque from the steering wheel
to the tie rods, i.e. the steering wheel, steering column, hardy disc, torsion bar,
pinion, steering rack and the occurring damping and friction effects.
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Fig. 4 Steering wheel torque vs. steering wheel angle during weave test at different noise levels

Table 1 Objective parameters in weave test

Steering stiffness (right) (Nm/�) Gradient between +-20 % Ampl. steering
wheel angle (clockwise)

Steering stiffness (left) (Nm/�) Gradient between +-20 % Ampl. steering
wheel angle (anticlockwise)

Steering friction (Nm) Ordinate deadband
Angle hysteresis (�) Abscissa deadband
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The assist torque Massist,C is determined according to the torsion bar torque
which is applied to the column close to the steering wheel. MF,lc is the lumped
torque friction of the steering column. The upper steering column is implemented
by the spring damper model (kT, dT) and it also includes the friction due to the
torsion bar twist angle (MF,torsion). A second degree of freedom is added to
the steering column (J-lC). Again, a spring damper model is used to model the
intermediate shaft, hardy disc and the mesh stiffness. Along the steering rack, FR is
the steering rack force calculated by the CarMaker vehicle model. FF,R is the
friction force along the rack. The friction elements are modelled by an Expo-
nential-Spring-Friction-Element with parallel Maxwell-Element (Fig. 8) [3].

Fig. 5 Steering responses at different noise levels
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Fig. 6 Steering model layout (dH—steering wheel angle; VR—steering rack velocity; DdH—
torsion bar twist angle; Fassist—assistant force of the power assistant module; MH—steering wheel
torque; Mpump—pump output torque of the hydraulic power assistance; IEPS—EPS current)
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The ASM models were validated with measured data from test bench and on-
vehicle testing data. Good agreements between the measurement and simulation
for these tests further confirm the accuracy of the ASM models (Fig. 9).
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Fig. 7 The mechanical steering model (EPSc)
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4 Response of the Advanced Steering Model to Noise

The ASM simulates the response of the steering system to noise as shown in
Fig. 10. With the ESFM friction element, the ASM is capable to simulate similar
response to the noise as in the experiment. A test rig with constant frequency and
amplitude sinusoidal displacement input are used to generate the frequency
response of the ESFM friction element. Figure 11 shows the dynamic stiffness and
the loss angle of the ESFM friction element which exhibits similar trend to Fig. 5.

0 5 10 15 20 25 30 35 40 45
-2

-1

0

1

2

3

4

5

6

Time [s]

S
te

er
in

g
 W

h
ee

l T
o

rq
u

e 
[N

m
]

Steady State Circular Test

Measurement
ASM Simulation

Fig. 9 Comparison of the advanced steering system model (ASM) with on vehicle testing data
(steady state circular test) (1)

-25 -20 -15 -10 -5 0 5 10 15 20 25

S
te

er
in

g
 W

h
ee

l T
o

rq
u

e 
[N

m
]

Steering Wheel Angle [°]

Weave Test, 80 km/h, 0.2Hz

Measurement - 0% noise
Simulation - 0% noise

-25 -20 -15 -10 -5 0 5 10 15 20 25

S
te

er
in

g
 W

h
ee

l T
o

rq
u

e 
[N

m
]

Steering Wheel Angle [°]

Weave Test, 80 km/h, 0.2Hz

Measurement - 50% noise
Simulation - 50% noise

Fig. 10 Simulated response of ASM to noise compared to measurements

412 J. Lin and P. E. Pfeffer



5 Conclusion

The ASM steering model is capable of representing the system response to the
random road excitation, typically the friction reduction of the system due to the
random noise input. Further effort should be made to characterize this effect with
constant frequency and amplitude excitation on the test bench.
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Vehicle Longitudinal Velocity Estimation
with Adaptive Kalman Filter

Yunlong Gao, Yuan Feng and Lu Xiong

Abstract A new approach of vehicle longitudinal velocity estimation with
adaptive Kalman Filter is proposed in this paper. An EV with four in-wheel drive
motors is chosen as the study object. Adaptive Kalman Filter is used to estimate
the longitudinal velocity and road ramp angle under unknown road conditions by
measuring the wheel speeds and vehicle acceleration. Simulation of the algorithm
is carried out to find out desired covariance matrices of Kalman Filter.

Keywords Longitudinal velocity estimation � Kalman filter � Gain matrix � Ramp
angle

1 Introduction

The incorporation of dynamic control systems in vehicles, e.g. TCS/ASR/ABS, has
greatly improved vehicle safety and manoeuvrability. The performance of these
systems is based on longitudinal velocity observation accuracy. The direct mea-
surement of longitudinal velocity requires relatively expensive sensors, thus
inexpensive sensors is used to estimate the speed in this paper.
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According to the published papers and patents, there are mainly two ways to
estimate the longitudinal velocity. One is directly calculating the vehicle velocity
by using the wheel speed and vehicle acceleration signals. Another is the indirect
model-based method. Typical direct approaches such as maximum wheel speed
method [1, 2], which uses the maximum wheel speed as the reference velocity
when braking, is handy but get a large error. Another direct approach uses
adaptive nonlinear filter [1] to estimate the longitudinal velocity on the basis of
wheel speed or vehicle acceleration information. The larger value is chosen as
the estimated velocity. It has a good adaptability to different road conditions, but
the accuracy cannot be guaranteed. Liu proposed another method [2], which uses
wheel speed and acceleration to calculate vehicle acceleration, and estimates
velocity with integration of the acceleration. A method using both wheel speed
sensor and vehicle acceleration sensor is put forward in [3–6], it corrects one
signal by the other and improves the accuracy. However, when calculate the
velocity, it have to find out the multi-dimensional matrix inversion, which is too
complex in real-time estimation. Indirect approaches including force based and
multi-variable based methods [7, 8]. These algorithms usually base on a model
and can estimate the velocity when steering. In this paper, a novel method is
proposed for longitudinal vehicle velocity estimation when slip occurs based on
four wheel speeds and vehicle acceleration signals.

The paper is organized as follows. The brief introduction of adaptive Kalman
Filter is explained in Sect. 2. Considered the road ramp angle compensation, Sect. 3
present a gradient estimation method and the simulation is carried out to validate it.
The conclusion is drawn in the last section.

Fig. 1 Vehicle model
(16-Dof)
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2 Physical Model of the Vehicle

The simulation model is based on the simplification of the vehicle into 16 Degree of
Freedom (DOF) multi-body system and use MATLAB/Simulink s-functions
describing and solving the elementary physical equations from the system
dynamics. The 16 -DOF vehicle physical model shown in Fig. 1 is used to study the
vehicle behaviour in longitudinal, lateral and vertical directions. A sprung mass of
vehicle body and four unsprung masses of the wheels are included. The sprung
mass has 6 DOF includes the longitudinal, lateral, vertical, roll, pitch, and yaw
motion. x, y, z are longitudinal, lateral and vertical motion of the vehicle respec-
tively. p; q; r are roll, pitch and yaw angle of the vehicle respectively. Every wheel
has the 2 DOF, i.e. vertical motion di (i = 1 - 4) and rotation about the wheel
centre Wi (i = 1 - 4). While front wheels also has steering angle u1 and u2.

3 Longitudinal Velocity Estimation

3.1 Introduction of Algorithm

The typical Kalman Filter function is:

Kk ¼ P�k HT
k ðHkP�k HT

k þ RkÞ�1

X̂k ¼ X̂�k þ KkðZk � HkX̂�k Þ
Pk ¼ ðI � KkHkÞP�k
X̂�k ¼ Uk�1X̂k�1 þWk�1Uk�1

P�k ¼ Uk�1Pk�1U
T
k�1 þ Qk

8

>

>

>

>

>

>

>

<

>

>

>

>

>

>

>

:

ð1Þ

where Kk is the gain matrix; Pk and P�k are respectively covariance matrixes of
current and forecast estimation errors; Hk is the observation matrix, Rk is the
covariance matrix of observation error; Qk is the covariance matrix of system
error; Uk�1 is the transition matrix; Wk�1Uk�1 is input variables; X̂k and X̂�k are
respectively current and forecast estimation variables; Zk is the measured variable.

In velocity estimation model, four wheel speed signals are defined as state
variables, and acceleration signal is the input variable.

Substitution of variables as follows,

H ¼

1

1

1

1
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6

6
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7

7

5

; R ¼

10 0 0 0
0 10 0 0
0 0 10 0
0 0 0 10
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7

7

5

; Q ¼ 0:01½ �:

In the model, the observation function can be written as
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yðkÞ ¼ HðkÞxðkÞ þ eðkÞ ð2Þ

Substitute the variable,

vlf ðkÞ
vlrðkÞ
vrf ðkÞ
vrrðkÞ

2

6

6

4

3

7

7

5

¼

1
1
1
1

2

6

6

4

3

7

7

5

vðkÞ þ

elf ðkÞ
elrðkÞ
erf ðkÞ
errðkÞ

2

6

6

4

3

7

7

5

ð3Þ

where vlf kð Þ; vlr kð Þ; vrf kð Þ; vrr kð Þ are respectively the wheel speeds of left front,
left rear, right front and right rear wheel, e kð Þ is the measurement error.

In the model, the state function can be written as

x̂ðk þ 1Þ ¼ AðkÞxðkÞ þ BðkÞuðkÞ ð4Þ

where, A ¼ 1½ �; B ¼ s½ �; s is the sample time.
The following equation can be obtained from (Eq. 4)

x̂ k þ 1ð Þ ¼ v kð Þ þ s � a kð Þ ð5Þ

Substitute the variable in (Eq. 1), and get the follow functions.

P�ðkÞ ¼ Pðk � 1Þ þ Q

KðkÞ ¼ P�ðkÞHTðHP�ðkÞHT þ RÞ�1

v̂ðk þ 1Þ ¼ vðkÞ þ saðkÞ
v̂mðk þ 1Þ ¼ Hv̂ðk þ 1Þ
vðk þ 1Þ ¼ v̂ðk þ 1Þ þ Kðk þ 1Þ vmðk þ 1Þ � v̂mðk þ 1Þð Þ
PðkÞ ¼ ðI � KðkÞHÞP�ðkÞ

8
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:

ð6Þ

where a kð Þ is the acceleration, v k þ 1ð Þ and v̂ k þ 1ð Þ are respectively the current
and forecast estimation of velocity, vm k þ 1ð Þ and v̂m k þ 1ð Þ are respectively the
current and forecast measured value of wheel speed

In desired tire-road friction condition, the normal Kalman Filter works well.
However, when wheel slip occurs, the approach cannot provide precise estimation.
Therefore, bring in gain matrix control algorithm. In the model, the gain matrix K
is K ¼ klf klr krf krr½ �; where Klf , Klr, Krf , Krr are the respective gain values
of left front, left rear, right front and right rear wheel.

When one wheel slips, control the relevant value in gain matrix and set it to zero.
The criteria of slip are shown as follows,

(a) The difference between vm kð Þ and v̂ kð Þ is greater than a pre-set value;
(b) The difference between _v kð Þ and am is greater than a pre-set value.

The pre-set values are decided by the simulation. When the condition meets any
one in (a) or (b), set the relevant value in K to zero, and the estimation of velocity is
the integral of the measured acceleration when all four wheels slip at the same time.
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3.2 Simulation Result

As shown in Fig. 2, the estimation of longitudinal velocity is just the same as
typical Kalman Filter (Fig. 2a and b). But when all wheel slip, the adaptive method
can also give out accurate estimation while typical one cannot (Fig. 2c). To val-
idate the stability of the algorithm, simulations were carried out under some
common driving conditions such as passing bump (Fig. 2d), long time acceleration
and deceleration driving on rough road (Fig. 2e), sudden accelerating on low
friction coefficient road (Fig. 2f). The velocity estimation is desired in all condi-
tions mentioned above.

4 Longitudinal Velocity Estimation on Gradient Road

4.1 Introduction of the Algorithm

The acceleration signal will be influenced by the gradient of the road, as seen in
Fig. 3. Where m is the mass of the vehicle, a is the real acceleration, a is the
gradient of slope, m � a is the acceleration resistance.

The measured acceleration signal on gradient road composed of

am ¼ aþ g � sin a ð7Þ
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Fig. 2 Simulation results of adjusting gain matrix-based kalman filter method
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The vehicle acceleration should be estimated before obtaining the acceleration
caused by gradient. Figure 3 shows the vehicle acceleration is approximately equal
to the wheel acceleration, which calculated from derivative of the wheel speed
multiplied by the tire radius.

As shown in Fig. 4, the vehicle acceleration curve is mostly covered by the one
of wheel acceleration. Therefore the estimated acceleration can be written as

ae ¼ _x � re ð8Þ

where ae is estimated acceleration, _x is derivative of the wheel speed, re is the
radius of the tire.

From (Eq. 7), (Eq. 8), the slope of the road is

a ¼ arcsin
am � _x � re

g
ð9Þ

4.2 Longitudinal Velocity Estimation on Gradient Road

Using adjusting gain matrix-based Kalman Filter and considering the ramp angle
compensation to estimate the longitudinal velocity. Algorithm flow chart is shown
in Fig. 5.

Fig. 3 Force analysis of the
vehicle on gradient road
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4.3 Simulation Results of the Longitudinal Velocity Estimation
on Gradient Road

When driven on the constant slope road, the simulation results of longitudinal
velocity estimation are shown in Fig. 6. (Fig. 6a, c and e presents the results of the
gradient estimation. Figure 6b, d and f are the results of the longitudinal velocity
estimation).

Fig. 5 Flow chart of the velocity and gradient estimation algorithm
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When driven on variable slope road, the simulation results of longitudinal
velocity estimation are shown in Fig. 7.

The estimation of velocity and gradient is accurate on both constant and small
variable slope road. The estimate velocity curve follows the real one and the
results are satisfactory.
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5 Conclusion

In this paper, gain matrix adjustment-based Kalman Filter is used to estimate
longitudinal velocity based on the information of four wheel speeds and vehicle
acceleration. Then design a gradient estimation algorithm with considering the
compensation of ramp angle of the road when estimate velocity on gradient road.
When wheel slip occurs, the adjusting gain matrix-based Kalman Filter can give
out desired result. To validate the stability of the algorithm, simulate some com-
mon used driving conditions and the results are satisfactory. After simulation,
modify algorithm to estimate the longitudinal velocity more accurately.
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Advanced Cost Functions for Evaluation
of Lateral Vehicle Dynamics

Valentin Ivanov, Klaus Augsburg, Dzmitry Savitski, Jiri Plihal,
Pavel Nedoma and Jaroslav Machan

Abstract The paper introduces the method of assessment of vehicle manoeuvres
through a set of global cost functions. The corresponding cost functions can be
derived for different domains like longitudinal and lateral dynamics, driving
comfort and other. The procedures of the computation of the cost functions include
in general: (1) Selection of vehicle dynamics parameters relevant to the
domain; (2) Transformation the appointed parameter to the dimensionless form;
(3) Definition of weighting factors for each of the appointed parameters with taking
into account that the weighting factors can be variable depending on the type of the
vehicle manoeuvre as well as on the driving conditions; (4) Calculation of the cost
function for the selected domain; (5) Calculation of a global cost function in the
case of the integrated assessment of the manoeuvre through several domains of the
vehicle dynamics. The described procedures are discussed in the paper as applied to
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the domain of lateral vehicle dynamics. The parameters chosen for the calculation
of the corresponding cost function are the lateral acceleration ay, the yaw rate dw/dt,
and the sideslip angle b. To transform these parameters to a dimensionless form, the
procedure is proposed that uses the function of root mean square of deviations
between reference and actual values for each variable. This procedure implements
also an original method of definition of reference values for lateral acceleration ay

and yaw rate dw/dt. The method is based on the variation of understeer
characteristic of the baseline vehicle with the aim to extend the linear region and to
reduce the understeer gradient as well as to increase the maximum level of lateral
acceleration. The validation of the developed methods and procedures is illustrated
by way of model-in-the-loop simulation. The test programme covers several
standard manoeuvres—steady-state circle, slalom and avoidance manoeuvre—
performed for a simulator, medium-sized passenger car. The numerical values of
the cost functions for each manoeuvre are introduced and analyzed. The further
applications of the developed technique can be: (1) Assessment of vehicle
dynamics based on criterions of performance and stability; (2) Optimization of
vehicle dynamics control systems; (3) Choice of proper control strategies/tuning of
control gains and resolution of critical control situations by simultaneous operation
of several systems like ABS, TCS, TV/vehicle dynamics control.

Keywords Vehicle dynamics � Cost functions � Stability � Weighting factors �
Simulation

Modern methods of vehicle dynamics control meet various complex challenges
due to the fact that different systems with individual set of functions can be
simultaneously involved in the control process: anti-lock braking, traction control,
torque vectoring, direct yaw control, active suspension and so on. Resulting system
fusion raises the issue about the development of an analytical tooling estimating
the combined efficiency of the vehicle manoeuvres from viewpoint of longitudinal
and lateral dynamics, ride comfort, driver control comfort, agility and other fac-
tors. Such a tooling can include a set of objective functions and variables inter-
connected through weighting factors, which depend on conditions of the driving
manoeuvre, operational state of the vehicle and so on. For practical applications, a
reasonable formulation of cost functions can be done in a dimensionless form.

An analysis of research literature points to lack of complex approaches to the
evaluation of vehicle dynamics based on cost functions. However, several relevant
studies should be mentioned in such a context. Milliken and Milliken [1] as well as
Radt and Glemming [2] have proposed normalised, dimensionless description of
tyre forces and moments, cumber and slip angles, and slip ratios. The mentioned
works show that this approach is useful by assessment of combined lateral and
longitudinal manoeuvres of the vehicle. Other studies have discussed more spec-
ified methods for the shaping the objective/cost functions in relation to the
development of vehicle control systems. For example, the combined assessment of
lateral and ride dynamics on the basis of frequency-dependent weighting index of
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the lateral acceleration has been given in [3]. The work [4] introduces objective
functions of tractive performance as optimum slip and optimum input power for
drive wheels that can be used in traction control systems.

The authors of the present article propose an extended flexible methodology
that allows both individual and integrated evaluation of vehicle dynamics through
diverse sets of cost functions. Next sections of the paper will introduce a relevant
general approach, example of calculation of cost functions for lateral dynamics,
and the case study illustrating the application of proposed method.

1 General Approach to the Calculation of Cost Functions

The efficiency of a vehicle manoeuvre can be evaluated for different domains of
vehicle dynamics: longitudinal and lateral dynamics, ride comfort, driver comfort
etc. Each domain has a set of inherent parameters. A parameter within a certain
domain can be both independent and interrelated with other parameters. These
statements are illustrated with Table 1.

The resulting diversity of parameters of vehicle dynamics implies many vari-
ations of possible cost functions as well as related computational methods. The
authors of the present paper have proposed an approach that aims at the dimen-
sionless interpretation of cost functions and their in-domain and inter-domain
composition through a set of weighting factors. This approach is presented in
Fig. 1 and can be explained as follows:

1. A set of parameters N1…Nk is being chosen to shape the cost function of a
certain domain N. The interpretation of parameters is preferred in a dimen-
sionless form in the range 0–1, for example, as ratio of actual value and base
value, or ratio of actual value and an appointed threshold.

2. An individual weighting factor has to be designated to each of parameters:
wN1…wNk. At that the condition takes place:

X

k

i¼1

wNi ¼ 1 ð1Þ

The magnitudes of weighting factors are not static and can be changed in
accordance with the type of performed manoeuvre or actual driving conditions.

3. The corresponding cost function EN for the domain N is calculated as

EN ¼
X

k

i¼1

Ni � wi ð2Þ

4. In accordance with postulates (1) and (2), the EN–value from Eq. (2) yields a
variable within the range 0–1.

5. In the case of a simultaneous evaluation of the vehicle manoeuvre in different
domains, additional weighting factors can be designated to each domain-based
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cost function (see factors wA, wB and wN on Fig. 1). Their sum should be equal
to 1, similar to postulate 2).

6. Implementation of positions (1)–(5) allows to compute an integrated, global
cost function:

Eglobal ¼ EA � wA þ EB � wB þ . . .EN � wN ð3Þ

The resulting cost function Eglobal lies also within the numerical interval 0–1.
Next parts of the paper will explain the proposed approach by the example of

lateral vehicle dynamics.

2 Cost Functions of Lateral Vehicle Dynamics

2.1 Definition of Parameters of Lateral Vehicle Dynamics

The cost function, discussed in this section, is based on the vehicle parameters that
(1) describe lateral vehicle dynamics and (2) can be measured by conventional
on-board sensors, or sensors commonly adopted for vehicle testing: lateral

Table 1 Domains and parameters of vehicle dynamics – Example

Domain Longitudinal dynamics Lateral dynamics Driver comfort

Parameters Vehicle velocity Lateral acceleration Throttle pedal velocity
Longitudinal acceleration Yaw rate Brake pedal velocity
Wheel slip Sideslip angle Steering wheel velocity

Fig. 1 Procedure of computing of cost functions
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acceleration ay, side slip angle b, and yaw rate dw/dt. In such a case the basic
formulation of the cost function can be proposed as

Elat ¼ way � f Day

� �

þ wb � f Dbð Þ þ ww � f D _w
� �

; ð4Þ

where wi are the weighting factors and

Day ¼ aref
y � aa

y

�

�

�

�

�

�
; ð5Þ

Db ¼ bref � ba
�

�

�

�; ð6Þ

D _w ¼ _wref � _wa
�

�

�

�: ð7Þ

Indexes ref and a in Eqs. (5)–(7) are relevant to the reference and actual values
of the corresponding parameter.

The kind of function f in Eq. (4) depends on the purpose of the specific
optimization tasks of vehicle dynamics. The analysis of reference literature shows
that one of the most conventional variants can be based on the root mean square
functions (RMS-functions). In particular, the methods using RMS error, relative
RMS error, the mean relative error, and the maximum relative error are known.
Within the framework of the discussed approach, the function of root mean square
of deviations between reference and actual variables in Eqs. (5)–(7) has been
chosen to assess vehicle dynamics during a certain manoeuvre :

Elat ¼ way � RMS aref
y ; aa

y

� �

þ wb � RMS bref ; ba� �

þ ww � RMS _wref ; _wa
� �

ð8Þ

Equation (8) is written in a general form. Aiming at the deduction of dimen-
sionless quantitative magnitudes of Elat, the variants of relative RMS-deviations of
actual and reference values can be proposed:

Elat ¼ way �
fRMS Day

� �

max aa
y

� �

�min aa
y

� �þ wb �
fRMS Dbð Þ

max bað Þ �min bað Þ þ ww

�
fRMS D _w

� �

max _wa
� �

�min _wa
� � ; ð9Þ

where

fRMSðDxÞ ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

Pn
i¼1 xref

i � xa
i

� �2

n

v

u

u

t

: ð10Þ
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In Eq. (10) the parameter n is the number of observed time points during the
manoeuvre, xref and xa in relation to Eq. (9) are the vectors of reference and
baseline and lateral accelerations, yaw rates, or side slip angles given for the
vehicle manoeuvre, for which the cost functions are being estimated. The max- and
min-functions in Eq. (9) are maximum and minimum values of corresponding
actual variable during the test. Following the discussed methodology, the ratio
fRMS(x)/(max(x)-min(x))—relative root mean square deviation—lies in the range
[0, 1]. The value ‘‘0’’ should be considered as ‘‘the best case’’: the actual values of
a variable coincide with the reference values. The value ‘‘1’’ should be considered
as ‘‘the worst case’’.

The procedures of computing the reference characteristics for lateral
acceleration, yaw rate and side slip angle are introduced in next sub-section.

2.2 Reference and Actual Values of Lateral Acceleration

The reference lateral acceleration is calculated as

aref
y ¼

a�y ; a�y � aymax

aymax;otherwise

(

: ð11Þ

The maximal lateral acceleration ay* can be defined from the tyre friction
ellipse as

aymax ¼ 9; 81 � lymax; ð12Þ

where lymax is the maximal lateral friction coefficient at given level of longitudinal
acceleration/deceleration. The parameter ay* in Eq. (11) identifies the reference
lateral acceleration that does not exceed the friction limits and can be derived from

Table 2 Technical data of the vehicle

Parameter Value/description

Total weight 2,080 kg
Maximum speed 201 kph
Acceleration 0–100 kph 8, 4 s
Front axle McPherson suspension with lower triangular links

and transverse torsion stabiliser
Rear axle Multi-element suspension with a longitudinal and

transverse links and transverse torsion stabiliser
Steering Direct rack-and-pinion steering with electromechanical

power steering
Tyres 215/60 R16
Dimensions 4,223 mm 9 1,793 mm 9 1,691 mm
Wheelbase 2,578 mm
Outer turning circle diameter 10, 32 m
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the look-up-table (LUT) given for the vehicle as a family of ‘‘Steering wheel
angle—Lateral acceleration’’—functions composed for different longitudinal
accelerations. The procedure of shaping the reference characteristics is described
below. The corresponding numerical examples are given for the vehicle with the
technical data from Table 2.

Step 1. Calculation of understeer characteristic of the baseline vehicle.
The understeer characteristics can be derived from results of various standard
steady-state tests on vehicle dynamics. The regulations such as ISO 4138 or SAE
J266 recommend different procedures: constant radius test, constant steer angle
test, constant speed variable radius test, constant speed and variable steer angle
test, or response gain test. An example of the understeer characteristic for a
baseline vehicle is shown in Fig. 2. In the case under discussion the initial gradient
of the curve is 0,375 �/m/s2. The linear part of the ‘‘Steering wheel angle—Lateral
acceleration’’-dependence is valid until ay = 4.0 m/s2. The maximum level of
lateral acceleration is ay = 8,25 m/s2.

Step 2. Shaping the understeer characteristic of a reference vehicle for constant
velocity conditions. The reference understeer characteristic can be shaped after
analysis of the baseline vehicle behaviour. It defines the target behaviour of
reference vehicle dynamics that is characterized by:

• Less understeer gradient in term of d(ay);
• Extended linear part of the d(ay);
• Higher maximum level of lateral acceleration.

An example of reference understeer characteristics is introduced in Fig. 2. It
was computed taking into account the mass-geometry parameters of the baseline
vehicle as well as relevant tyre characteristics. The main reference characteristic
parameters are: the initial gradient of the curve is 0.2 �/m/s2; the extension of the
linear part of the ‘‘Steering wheel angle—Lateral acceleration’’ characteristic-
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Fig. 2 Comparison of
baseline and reference
understeer characteristic at
constant velocity

Advanced Cost Functions for Evaluation 431



dependence (for the specific case the reference is linear until ay = 5.7 m/s2); the
maximum reference level of lateral acceleration is ay = 9.5 m/s2.

Step 3. Variation of reference understeer characteristic. During this step, the
behaviour of the reference understeer characteristic has to be defined for different
levels of longitudinal acceleration ax. Figure 3 proposes a tree of the reference
d(ay) characteristics shaped for different ax-levels. A set of displayed reference
curves has common initial linear gradient. The end of the linear part depends on
the given level of longitudinal acceleration. Such an approach is required to
determine the variation of the understeer characteristic as a function of longitu-
dinal acceleration. As it was evidenced by simulation and experimental results [5],
the understeer characteristic can be influenced by the actual ax-level with trends
(1) to more understeering with the growth of ax and (2) to oversteering by negative
ax-values. Hence, the reference d(ay)-dependences are subject of variation.
Referring to the tree of understeer characteristics from Fig. 3, the maximal
ay-value for each branch is limited by the corresponding ax-level. Generally the
shaped reference characteristics should have:

• Reduced understeer gradient during all ax-range (while considering the traction
of front wheel drive vehicle); in the case of rear wheel drive vehicle the
reference characteristic can possess increased understeer;

• Reduced variation of the understeer characteristic subjected to ax.

The value of actual lateral acceleration ay
a is obtained either (1) with conven-

tional lateral accelerometer being a component of vehicle dynamics control system
or (2) from the vehicle simulator, or (3) from the vehicle model in the case of
simulation [6]:

Fig. 3 A set of reference (ay)-dependencies by variation of longitudinal acceleration
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aa
y ¼

1
ma

X

4

i¼1

Fxi sin dvið Þ �
X

4

i¼1

Ffi sin dvið Þ þ
X

4

i¼1

Fyi cos dvið Þ � mshs
€h

 !

ð13Þ

where Fxi are the longitudinal tire forces, Fyi are the lateral tire forces, dvi are the
steer angles, Ffi are the tyre rolling resistance forces, ma is the vehicle mass, ms is
the vehicle sprung mass, hs is the roll height, and is the vehicle roll angle.

2.3 Reference and Actual Values of Vehicle Side Slip Angle

The reference side slip angle is calculated as

bref ¼
b�; v� vss

bMax ss;otherwise

(

: ð14Þ

The b*-value of side slip angle for steady-state conditions can be chosen as:

b� ¼ bmax ss

v2

v2
ss

ð15Þ

where v is the actual absolute vehicle velocity, bmax_ss and vss are correspondingly
the maximal side slip angle and absolute vehicle velocity given for the point where
the influence of velocity on yaw rate becomes negligible. Equation (15) refers to
the source [6], where bmax_ss = 3� and vss = 40 m/s have been recommended on
the statistical basis from the experimental results for different types of vehicles.
Therefore the reference characteristic for side slip angle is being proposed as
shown on Fig. 4. It can be seen that a smooth increase of bref takes place in the
range of velocities from 0 to 40 km/h. It is necessary while estimating the dynamic

Fig. 4 The reference
characteristic for side slip
angle
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situations on surfaces with the low friction, where the vehicle stability can be
critical already at small driving velocities with low side slip angles.

The value of actual vehicle side slip angle ba can be computed as follows [7]:

ba ¼ tan�1 vy

vx

� 	

ð16Þ

where the actual longitudinal velocity is estimated as

vx ¼
Z

ax þ vy �
dw
dt

� 	

dt ð17Þ

and the actual lateral velocity can be found as

vy ¼
Z

ay � vx �
dw
dt

� 	

dt ð18Þ

The values of vehicle accelerations ax and ay as well as yaw rate dw/dt are
obtained from corresponding vehicle sensors. Instead of the vehicle model, other
ways for the estimation of ba are (1) the use of vehicle simulator or (2)
measurement technique. Similar tooling can be used also for the estimation of the
individual contributions vx and vy.

Unlike the reference lateral acceleration, the reference side slip angle should be
considered as a maximum allowed value during the manoeuvre performed. In this
regard the comparison of ba and bref takes place only in the case ba [bref.

2.4 Reference and Actual Values of Yaw Rate

The calculation of reference yaw rate (dw/dt)ref is similar with the procedure for
lateral acceleration that is described above. Generally

_wref ¼
_w�; _w� � _wmax

_wmax; otherwise

(

ð19Þ

By analogy with the lateral acceleration, the parameter (dw/dt)* in Eq. (19) can
be derived from the look-up-table given for the vehicle as a family of ‘‘Steering
wheel angle—Yaw rate’’-dependencies composed for variable longitudinal
accelerations. Figure 5 introduces a tree of corresponding curves that were
computed from the steady state circle test 42,5 m similar to the reference ay-curves
from Fig. 3. The maximum value of yaw rate [6] can be in addition controlled as

_wmax ¼
aymax � _vx � sin bref

vx � cos bref
ð20Þ
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The value of actual yaw rate (dw/dt)a can be obtained with conventional yaw
rate sensor being a component of vehicle dynamics control system.

2.5 Choice of Weighting Factors

The next step is the choice of weighting factors for Eq. (8). It can be done for
different driving situations, for instance:

• On-road straight-line manoeuvres;
• On-road manoeuvres with lateral dynamics;
• Off-road straight-line manoeuvres;
• Off-road manoeuvres with lateral dynamics.

It is appointed that the sum of three weighting factors way, wb and ww is taken as
1. The magnitudes of weighting factors are selected depending on the kind of
manoeuvre. The Table 3 gives examples of composition of weighting factors.

Table 3 Examples of composition of weighting factors

Manoeuvre way wb ww Comment

Avoidance, dry road 0,3 0,1 0,6 Priority for yaw dynamics
Avoidance, ice 0,2 0,3 0,5 Higher priority for side slip due to low road friction
Track keeping on circle 0,6 0,05 0,35 Priority for lateral acceleration
Braking on mixed road 0,1 0,4 0,5 Higher priority for side slip angle dynamics
Slalom 0,4 0,2 0,4 Equal priority for yaw and lateral acceleration

Fig. 5 A set of reference d(dw/dt)-dependencies by variation of longitudinal acceleration
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It can be concluded from previous considerations that the magnitude of cost
function Elat from Eq. (9) for the certain manoeuvre will be always between 0 and

Fig. 6 Results of test of vehicle simulator, constant circle

Fig. 7 Results of test of vehicle simulator, slalom

Fig. 8 Results of test of vehicle simulator, avoidance

436 V. Ivanov et al.



Table 4 Cost functions for results of tests of vehicle simulator (values given for the end of
manoeuvre)

f
ma
m

max(

Test
fRMS

fRMS

RMS d
x( )-min
ax( )-min

/dt)- min
way

w
w
Elat

t
, m/s2

, deg
dt), rad/s

), m/s2

n ), deg

/dt), ra

t

Con

belo

belo
d/s
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Fig. 9 The relative root mean square error functions from Eq. (9) Constant circle: a lateral
acceleration; b yaw rate Critical part of the manoeuvre for calculation of cost functions - from
15 s

Fig. 10 The relative root mean square error functions from Eq. (9) Slalom: a lateral acceleration;
b yaw rate Critical part of the manoeuvre for calculation of cost functions—15–55 s
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Fig. 11 The relative root mean square error functions from Eq. (9) Avoidance: a lateral
acceleration; b yaw rate critical part of the manoeuvre for calculation of cost functions—20–38s

Fig. 12 Cost functions of lateral dynamics calculated in accordance with Eq. (9) a constant
circle; b slalom; c avoidance
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1. The more Elat tends to 0, the more efficiently the manoeuvre is performed
from viewpoint of the lateral dynamics.

3 Case Study for Application of Cost Functions

The case study was performed for the vehicle simulator created in the IPG
CarMaker software for the car with the data from Table 2. Three following
manoeuvres were simulated:

• Constant circle, radius 42,5 m;
• Slalom, 18 m;
• ISO avoidance manoeuvre.

The reference dependencies are similar with characteristics shown on
Figs. 3, 4, 5. The comparison of actual and reference variables is shown on
Figs. 6, 7, 8. The results of calculations of cost function are given in Table 4.
The cost functions were computed for the critical parts of the manoeuvres.
In addition Figs. 9, 10, 11 illustrates dynamics of the relative RMS-function for
lateral acceleration and yaw rate, and Fig. 12 introduces dynamics of the cost
function calculated in accordance with Eq. (9). It should be mentioned that the
obtained results have indicated a proper evaluation of complexity of the
performed manoeuvres.

The analysis of the case study allows to propose the following application areas
of the cost functions:

• Assessment of vehicle dynamics based on criterions of performance and
stability;

• Optimization of vehicle dynamics control systems;
• Choice of proper control strategies/tuning of control gains by simultaneous

operation of several systems like ABS, TCS, and ESC.

4 Conclusions

The presented paper has introduced an approach to calculation of cost functions for
the evaluation of lateral vehicle dynamics. The cost functions are based on the
comparison of baseline and reference values of lateral acceleration, yaw rate and
side slip angle. The following features can be especially mentioned in this context:

• The composition of reference variables can be obtained from the variation of
understeer characteristics of the baseline vehicle. At that the reference vehicle
should possess less understeering.

• The reference characteristics for lateral acceleration and yaw rate require the
variation depending on the longitudinal acceleration.
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• Composition of cost functions and weighting factors for singular components
can be proposed in a dimensionless form in the range from 0 to 1.

The calculation of cost functions was illustrated with the case study for
modelling of three different manoeuvres with the vehicle simulator.

The developed cost functions can be used for optimization of control strategy of
automotive control systems and evaluation of vehicle dynamics.
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Effect of Differential Modeling
on Handling and Stability

Rui Huang, Jun Zhan and Jungang Wu

Abstract Research target: There are exists many principle types of limited slip
differential. If simplify limited slip differential model to open differential, vehicle
handling and stability simulation results will be uncorrected. So the paper’s target
is to build several principle differentials, prove that: different differential have
different effects to handling and stability, different transfer case and drive style
have the same effects additionally. Research method: Build several limited slip
differential models and vehicle dynamic models, respectively; then, simulate
different drive style vehicle with different differential or transfer case on the Steady
State Cornering and steering wheel angle step input maneuver; compared the
simulation results to prove the conclusion of the paper. Research production:
Through research and analyses, build up several principle limited slip differential
and transfer case models rightly, and connected with vehicle model perfectly.
Innovation: Through vehicle dynamic simulation, it is easy for us to find effects of
limited slip differential to handling and stability. Other papers in the field have not
cover limited slip differential, transfer case model and vehicle drive style,
comprehensively, this paper has researched all of those models, getting some
general conclusion at last. Insufficiency: This paper shows different differential
models how to affect handling and stability, but lacking of correlation of the
corresponding differential and vehicle test. Conclusion: The compared simulation
analysis of vehicle with different forms of differential and drive type shows that:
limited slip differential in the low friction coefficient road affects more obviously,
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and have more effects to front-drive vehicle, different differential models will have
a significant impact to handling and stability. Remark: The work was completed
with the assistance of National 863 plan (serial number is 2012AA111801).

Keywords Limited slip differential � Handling and stability � Differential model �
Vehicle model � Simulation

1 Preface

The limited slip differential model is usually simplified to open differential at
vehicle handling and stability simulation, this may lead to the simulation results
are not accurate enough to reflect vehicle performance.

Predecessors have done much work to research differential’s influence on
handling and stability. the earliest, literature [1] compared differential of different
principle influence vehicle; literature [2] analysis viscous differential’s specific
structure, principle and torque output characteristic; literature [3] analysis several
scheme of arrangement of transfer case and differential how to effect power
performance and handling used AMEsim model; literature [4] use ADAMS soft-
ware to build several differential models to explore vehicle performance; literature
[5] use simulink toolbox to build open differential, self-locking differential, clutch
active differential model to research their effects on handling; literature [6]
research differential with different self-locking friction coefficients plate how to
effect handling of rear-wheel drive.

This article mainly built several differential models, and researched different
differential model how to affect handling.

2 Typical Differential Modeling

2.1 Open Differential Model

Open differential usually ignored inner-friction torque between gears, the average
distribution input torque to differential shell, is calculated by the follow equation:

Mxlf ¼ Mxrf ¼
1
2

Md ð1Þ

In which, for front-drive vehicle, Md is input torque to differential shell, Mxlf ,
Mxrf is left wheel and right wheel drive torque.
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2.2 Friction Plate Type Differential Model

Friction effect radius, friction area number, pressing spring can affect anti-slip
torque outputted by clutch, we can use performances curve received from bench to
explain anti-slip differential.

Solid line in Fig. 1 means anti-slip torque vs. differential input torque, which is
formed by two lines have different slopes. The first flat section is preload range of
action, which is differential output torque before friction plate has not been flat-
tened; the second section is differential output torque after friction plate has been
flattened. The dotted line shows the performance of self-locking differential [7].

Ignoring anti-slip differential transmission efficiency, anti-slip torque is
function of minus and plus between two output torque. Output torque by friction
plate type anti-slip differential can express by the following function:

MLSD ¼ f Mdð Þ ð2Þ

MLSD ¼ Mxlf �Mxrf ð3Þ

Md ¼ Mxlf þMxrf ð4Þ

Left drive, right drive torque:

Mxlf ¼
1
2

f Mdð Þ þMd½ � ð5Þ

Mxrf ¼
1
2
�f Mdð Þ þMd½ � ð6Þ

In which: MLSD, f Mdð Þ is anti-slip torque of torque sense differential.
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Fig. 1 Friction plate type
differential performance
curve
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2.3 Vicious Limited Slip Differential Model

Besides structure factors, speed difference and temperature is the main factor effect
output of vicious anti-slip differential. Ignored temperature, anti-slip torque is a
function of spin difference between differential output ends, as in Fig. 2.

MLSD ¼ f xlf ;xrf

� �

ð7Þ
Left drive, right drive torque:

Mxlf ¼
1
2

f xlf ;xrf

� �

þMd

� �

ð8Þ

Mxrf ¼
1
2
�f xlf ;xrf

� �

þMd

� �

ð9Þ

In which, f xlf ;xrf

� �

is vicious anti-slip torque.

2.4 Self-Locking Differential Model

SUV and heave truck usually use self-locking differential, when it mounts between
front axle and rear axle, lead to axles rigidly connected. When it mounts either
front axle or rear axle, lead to half shaft rigidly connected.

Using torsion spring and damp model to simulate self-locking differential
between two wheels, as in Fig. 3, self-locking torque is expressed by the follow
equation:

Tlock ¼ Klock � /l � /rð Þ þ Dlock � xl � xrð Þ ð10Þ

0

0

450

- 450
-1680 1450

Torque minus between two wheels N m

spin minus between 

two wheels rpm

Fig. 2 Vicious differential
performance curve

Fig. 3 Self-locking
differential model
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In which, Klock is wheel axle torsion stiffness, Dlock is wheel axle torsion
stiffness, xl, xr is left and right wheel spin velocity,ul, ur is left wheel and right
wheel spin angle.

Front left, front right wheel drive torque:

Mxlf ¼
1
2

Md � Tlock ð11Þ

Mxrf ¼ Md �Mxlf ð12Þ

3 Typical Simulation Maneuver Analysing

In order to compare different differential modeling may affect handling, chose
several typical simulation maneuver.

In which, fd means front-drive vehicle, rd means rear-drive vehicle, 4wd means
all-wheel drive vehicle, open means vehicle with open differential, speed-sense
means vehicle with viscous differential, torque-sense means vehicle with friction
plate type differential, fd&open means front-drive vehicle with open differential, etc.
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3.1 Steady Circle Maneuver on Road with High Coefficient
of Friction

In simulation, guaranteed that the initial radius is 20 m, then keep steering wheel
fixed, and accelerate slowly.

From Fig. 4, 5, 6 and 7, we can know that different differential models can
cause these results difference: understeer, lateral acceleration, yaw rate, especially
to front-drive vehicle.
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at steady circle simulation
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3.2 Steady circle maneuver on road with low coefficient of friction

From Fig. 8, friction plate type differential has strong understeer, viscous
differential has less, and open differential is the worst. There is a conclusion that
anti-slip differential have a more strong effect at low-road coefficient of friction.

3.3 Step Maneuver

In simulation, guaranteed that the velocity is 60 km/h, make steering wheel a step
angle input when time is between 5 and 5.2, then keep the steering wheel sta-
bilization. From Fig. 9, different combination of drive style and differential style
can cause different results to lateral acceleration response.

4 Conclusion

The compared simulation analysis of vehicle with different forms of differential
and drive type shows that: limited slip differential in the low friction coefficient
road affects more obviously, and have more effects to front-drive vehicle, limited
slip differential will make a more contribution to decrease adverse oversteer trend;
different differential models have more significant effects to handling and stability.
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Research on the Impact of Derived
Vehicle’s Weight Change on K&C
and Vehicle Performance

Wuming Wu, Junping Jiang, Xiang Meng, Wei Liu, Zhijie Pan
and Fuquan Zhao

Abstract Due to the weight deviation between derived vehicle model and the
original one, it is necessary to determine whether to maintain the original per-
formance or re-design it when designing its performance parts. The vehicle model
is established in ADAMS by taking a Geely’s vehicle as the object. Adjusted
according to the pre-set weight range of 3, 5 and 10 %, the model’s K&C, riding
comfort, steering stability are simulated and equivalent cornering stiffness can be
calculated to compare the results with that of the original one. When the change of
axle load or vehicle weight are higher than 5 %, its suspension K&C and vehicle
performance obviously differ from the original one, thus the relative performance
parts needs to be redeveloped since performance parts cannot meet the
requirements.
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1 Introductions

To meet different market needs, OEMs will develop a series of derivative vehicles
according to different customer groups, based on a mature vehicle by changing the
interior and exterior adorn, replacement power, and change of surface. The front
and rear axle load of derivative vehicle are different from that of original vehicle,
but the wheelbase, wheel track, chassis hard points and structure will remain the
same.

The Derivative vehicle’s front and rear axle load are different from that of the
original vehicle, so that compared with the vehicle performance the original model
will have certain differences, for derivative vehicle’s performance is consistent
with original vehicle or has a little difference, therefore it needs to re-design
performance parts to make the derivative vehicle’s performance in line with that of
the original vehicle.

Engineers are often unable to determine whether to maintain the original per-
formance or re-design. For clear axle load changes on vehicle performance, taking
a Geely’s vehicle as the research object, the vehicle’s each subsystem model in
ADAMS is built and planned to adjust the axle-load analysis of the K&C and
vehicle performance change, and it determines the axle load permitted range, so
subsequently when engineers design performance parts, only by comparing the
changes of axle load, they can immediately determine whether to maintain the
original performance or re-design it.

2 Suspension Kinematics and Compliances Analysis

The axle load changes will impact on suspension spring compression, suspension
geometrical status, four-wheel location and deformation of the bush, resulting in
the change of kinematics and compliances (K&C) performance and vehicle
performance.

2.1 Front Suspension K&C Performance Analysis

Figure 1 is a Geely’s vehicle front suspension assembly built in ADAMS, by
increasing its front axle load 2.5, 5, and 10 %, analysis of its K&C performance
change, Table 1 is the front suspension indexes change when the front axle load
increases, by contrast can know, when front axle load increases to 5 %, suspension
stiffness, roll center height, roll steer and suspension lateral stiffness variation
exceeded the allowable variation range, K&C performance cannot be regarded as
that of the original one. Suspension stiffness change causes front frequency and
rear frequency matching unbalance, which may make the vehicle comfort turn bad.
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Roll center height and the roll steer have a greatly impact on vehicle under steer,
therefore, when taking analysis of the vehicle performance, detailed analysis of
those performance shall be needed [1].

2.2 Rear Suspension K&C Performance Analysis

Figure 2 is a Geely’s certain vehicle rear suspension assembly built in ADAMS,
by increasing its front axle load by 2.5, 5, and 10 %, analysis of its K&C per-
formance change is conducted. Table 2 shows the rear suspension indicators
changes with the axle load, by contrast, when rear axle load increases to 5 %, the
roll center height, steer longitudinal stiffness and camber longitudinal stiffness
variation has exceeded the allowed variation range, K&C performance cannot be
regarded as that of the original one.

3 Calculation of Suspension Equivalent Cornering Stiffness

3.1 The Front Suspension Equivalent Cornering Stiffness
Calculation

The relationship between K&C index is complementary or offset, so it is difficult
to judge the impact on the whole suspension performance by change of an index.
For more clearly overall performance change of front and rear suspension, through
calculation of front and rear suspension and equivalent cornering stiffness,
suspension performance change can be judged according the result [2].

Table 3 is the front suspension’s equivalent cornering stiffness calculation
result. From the table, with the increase in axle load, front suspension under steer
is turning worse; when axle load variation reaches 10 %, under steer variation has
exceeded the allowed range, and the front suspension performance cannot be
regarded as that of the original one.

Fig. 1 Front suspension
assembly model
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3.2 The Rear Suspension Equivalent Cornering Stiffness
Calculation

Table 4 is the rear suspension’s equivalent cornering stiffness calculation result.
From the table, with the increase in axle load, rear suspension under steer is
turning better, when axle load variation reaches 5 %, under steer variation has
exceeded the allowable range, and the rear suspension performance cannot be
regarded as that of the original one.

4 Handling Performance Simulation

From the preceding analysis, when the axle load variation is 5 %, K&C and
equivalent cornering stiffness change has exceeded the allowable range, and the
suspension performance cannot be regarded as that of the original status, so in the

Table 1 Comparison the change of front suspension parameters

Condition Target Units Original Front axis
load +2.5 %

Front axis
load +5 %

Front axis
load +10 %

Parallel wheel
travel

Suspension stiffness N/mm 29.83 29.77 29.3 28.94
Roll stiffness Nm/deg 1331 1333 1332 1335
Roll center mm 73 65 52 33
Roll steer % 9.91 10.02 10.17 10.61
Roll camber % 17 16 15 14

Lateral force Toe/FY deg/KN -0.015 -0.015 -0.016 -0.016
Lat.stiffness N/mm 4967 4919 4827 4678
Camber/fy deg/KN 0.221 0.223 0.227 0.232

Longitudinal
force

Toe/fx deg/KN 0.024 0.024 0.024 0.024
Long.stiffness N/mm 790 792 797 799
Camber/fy deg/KN -0.034 -0.034 -0.035 -0.035

Fig. 2 Rear suspension
assembly model
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subsequent analysis of vehicle performance, only impact on vehicle performance
within 5 % variation range of axle load is analyzed.

By adjusting the center of gravity position, moment of inertia and vehicle mass,
the vehicle steering performance variation is analyzed with front axle load increase
of 2.5, 5 %, rear axle load increase of 2.5, 5 %, and the vehicle weight increase of
5 % (front axle load increase of 2.5 % and front axle load increase of 2.5 %)
respectively.

Table 4 Rear suspension equivalent cornering stiffness calculation

Original Rear axis
load +2.5 %

Rear axis
load +5 %

Rear axis
load +10 %

Roll steer coefficient 0.0269 0.025 0.023 0.02
Toe/lat.force coefficient 0.2456 0.2517 0.2579 0.2767
Roll camber coefficient -0.0786 -0.0767 -0.0788 -0.0794
Lateral camber stiffness -0.011 -0.011 -0.0127 -0.0146
Toe/Mz coefficient -0.0529 -0.0536 -0.0545 -0.0567
Equivalent cornering stiffness (%) 102.67 102.79 103.63 103.7

Table 2 Comparison the change of rear suspension parameters

Condition Target Units Original Rear axis
load +2.5 %

Rear axis
load +5 %

Rear axis
load +10 %

Parallel wheel
travel

Suspension
stiffness

N/mm 25.71 25.71 25.7 25.64

Roll stiffness Nm/deg 687 686 685 682
Roll center mm 173 167 161 149
Roll steer % -0.7 -0.65 -0.6 -0.52
Roll camber % 20 20 19 18

Lateral
force

Toe/FY deg/KN 0.084 0.084 0.084 0.086
Lat.stiffness N/mm 5118 5104 5062 4964
Camber/fy deg/KN 0.1 0.11 0.11 0.12

Longitudinal
force

Toe/fx 1000*deg/KN 1.8 -2.9 -3.8 -5.7
Long.stiffness N/mm -397 -397 378 374
Camber/fy 1000*deg/KN -7.9 -8.3 -8.5 -9.1

Table 3 Front suspension equivalent cornering stiffness calculation

Original Front axis
load +2.5 %

Front axis
load +5 %

Front axis
load +10 %

Roll steer coefficient -0.3776 -0.3818 -0.3875 -0.4042
Toe/lat.force coefficient -0.0672 -0.0676 -0.0719 -0.0773
Roll camber coefficient -0.1121 -0.111 -0.1049 -0.0992
Lateral camber stiffness -0.0244 -0.0246 -0.0251 -0.0256
Toe/Mz coefficient -0.83 -0.8284 -0.8631 -0.8972
Equivalent cornering stiffness (%) 72.40 72.38 71.83 71.13
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4.1 Steady-State Rotation Simulation Analysis

According to the literature [3], the driver control files are built in ADAMS, and
steady state circular test simulation analysis is conducted, the simulation speed is
100 km/h, and the simulation working mode is fixed steering angle. Figure 3
shows the variation curve of difference of the front and rear axle slip angle changes
with the lateral acceleration, Fig. 4 is the variation curve of vehicle roll angle
changes with the lateral acceleration, and Table 5 shows the degree of under steer
when lateral acceleration is 0.2 g and roll angle value when lateral acceleration is
0.5 g.

From Table 5, when the front axle load increases by 5 %, the variation of
degree of under steer is 10.1 %, the vehicle roll angle variation reaches 6.6 %;
when rear axle load increases by 5 %, the variation of degree of under steer is

Fig. 3 Slip angle difference
changes with the lateral
acceleration

Fig. 4 Roll angle change
with the lateral acceleration
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11.2 %, and the vehicle roll angle change reaches 7.7 %; and when the front and
rear axle load both increase by 2.5 %, i.e., the vehicle weight increases by over
5 %, the under steer variation is 11.2 %, and the vehicle roll angle change reaches
7.7 %. From the above analysis, when the front and rear axle loads or overall
vehicle weight variation reaches over 5 %, the variation of degree of under steer
will exceed the allowable variation range and cannot be regarded as that of the
original one (Fig. 5).

Fig. 5 Yaw velocity gain

Table 5 Under steer and roll
angle change

Under steer
(deg/g)

Roll angle
0.5 g (deg)

Original 1.79 1.81
Front axis load +2.5 % 1.83 1.8
Front axis load +5.0 % 1.97 1.69
Rear axis load +2.5 % 1.84 1.75
Rear axis load +5.0 % 1.99 1.68
Whole vehicle weight +5.0 % 1.99 1.67

Fig. 6 Yaw velocity phase-
delay
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4.2 The Steering Wheel Angle Pulse Input Simulation Analysis

According to the literature [4], pulse angle simulation is conducted in ADAMS,
the simulation speed is 100 km/h. Figure 6 is the curve of yaw velocity changes
with time, Fig. 7 is the variation curve of steer wheel roll angle, and Table 7 shows
variation of each indicator. According to Table 7, when the front axle load
increases by 5 %, variation degree of steering wheel angle is relatively large,
namely 5 %. While when the rear axle load increases by 5 % and the vehicle mass
increases by 5 %, variation degree of each indicator is little and can be regarded as
same to the original one. From the above analysis, when the front and rear axle
loads or overall vehicle weight variation reaches over 5 %, the variation of degree
of under steer will exceed the allowable variation range and cannot be regarded as
that of the original one.

Table 6 is the index curve changes with axle load, according to which the front
axle load increases by 5 % for the yaw velocity gain and yaw velocity phase delay
have a great impact; when the effect of rear axle load increases by 5 %, the yaw
velocity phase delay is relatively large; the overall vehicle weight increase of 5 %
(front axle load increase of 2.5 % and front axle load increase of 2.5 %) has little
effect on the targets. Generally, the axle load increase of 5 % has little impact on
the steering wheel angle pulse input and each other index (Fig. 8).

Table 6 Steering wheel angle pulse input simulation index

Yaw velocity
gain (dB)

Ay
gain(dB)

Yaw velocity
delay(deg)

Yawmax/
Yaw

Aymax/
Ay

Original -10.206 0.147 -36.306 2.474 0.323
Front axis load +2.5 % -10.39 0.144 -35.799 2.534 0.314
Front axis load +5.0 % -10.568 0.141 -35.429 2.635 0.305
Rear axis load +2.5 % -10.151 0.148 -36.859 2.522 0.32
Rear axis load +5.0 % -10.103 0.149 -37.515 2.595 0.317
Whole vehicle weight +5.0 % -10.305 0.145 -36.566 2.614 0.312

Fig. 7 Vehicle roll angle
gain
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Fig. 8 Vehicle roll angle
phase-delay

Fig. 9 Yaw velocity change
with time

Fig. 10 Steering wheel
angle change with time

Research on the Impact of Derived Vehicle’s Weight Change on K&C 457



4.3 Pylon Course Slalom Simulation Analysis

According to the literature [5], pulse angle simulation is conducted; the simulation
speed is 100 km/h. Figure 7 is the variation curve of steer wheel roll angle, and
Table 7 shows variation of each indicator. According to Table 7, when the front
axle load increases by 5 %, variation degree of steering wheel angle is relatively
large, namely 5 %. While when the rear axle load increases by 5 % and the vehicle
mass increases by 5 %, variation degree of each indicator is little and can be
regarded as same to the original one. From the above analysis, when the front and

Table 7 Steering wheel
angle pulse input simulation
index

Steering
wheel

angle (deg)

Roll
angle
(deg)

Yaw
(deg/s)

Original 93.52 3.4975 19.3475
Front axis load +2.5 % 95.225 3.5525 19.375
Front axis load +5.0 % 98.155 3.6575 19.4
Rear axis load +2.5 % 93.275 3.525 19.35
Rear axis load +5.0 % 93.9425 3.655 19.42
Whole vehicle weight +5.0 % 95.8175 3.6575 19.4025

Fig. 12 Body center of mass
vertical acceleration change
with time

Fig. 11 Ride comfort
simulation model
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rear axle loads or overall vehicle weight variation reaches over 5 %, the variation
of degree of under steer will exceed the allowable variation range and cannot be
regarded as that of the original one (Figs. 9, 10).

5 Ride Performance Simulation Analysis

According to the literature [6], pulse road surface simulation analysis is conducted
as shown in Fig. 11. Figure 12 shows the variation curve of vertical acceleration of
vehicle centroid when running through the rectangular pulse road. Table 8 is the
maximum value of vertical acceleration of vehicle centroid. By contrast, when the
front axis load increases by 5 %, variation of vertical acceleration of vehicle
centroid reaches 21.11 %, which has exceeded the acceptable range, and cannot be
regarded as with the original vehicle.

6 Conclusion

(1) When axle load variation is 5 %, the relevant indexes of suspension K&C
volume has exceeded the allowable variation range, and cannot be regarded as
with the original suspension parameters.

(2) When axle load variation is 5 %, front suspension equivalent cornering stiff-
ness variation exceeds the allowable range; suspension performance cannot be
regarded as with the original performance. When rear axle load variation is
5 %, rear suspension equivalent cornering stiffness variation exceeds the
allowable range, and suspension performance cannot be regarded as with the
original performance as.

(3) When axle load variation is 5 %, the vehicle relevant index of handling and
ride performance variation exceed the permitted range, cannot be regarded as
with the original vehicle performance.

(4) For the derived vehicle, when design the performance parts, First, determine
the axle load variation, if the axle load variation is less than 5 %, the derived
vehicle performance parts can be directly borrowed from the original vehicle.
Otherwise, it needs to re-design performance parts, through changing the
parameters of performance parts to reduce the impact of axle load change to
the vehicle performance.

Table 8 Maximum vertical acceleration of the body center of mass

Original Front axis
load +2.5 %

Front axis
load +5.0 %

Rear axis
load +2.5 %

Rear axis
load +5.0 %

Whole vehicle
weight +5.0 %

ver_accmax

(m/s2)
6.82 6.49 5.38 7.17 6.89 6.6
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New Nonlinear Bushing Model
for Ride Comfort and Handling
Simulation: Focussing on Linearization
and the Implementation
into MBS Environment

Christian Scheiblegger, Jinhuai Lin and Hannes Karrer

Abstract A new nonlinear model for elastomer mounts and bushings has been
developed that solves the conflicting criteria of model performance and flexibility
on the one side and user-friendliness, computing time and stability on the other
side. Research on this field is extensive but available models in MBS environment
are often only linear model approaches that do not take into account the amplitude
dependence due to the Payne effect [1]. On the other hand, some nonlinear models
may map amplitude dependence well and show good performance under sinu-
soidal excitation; but research uncovered unexpected behaviour for time domain
simulation of transient or superimposed sinusoidal excitation after implementation
within MBS software environment. The investigation showed that this is due to
numerical issues and principle model simplifications which are necessary for the
implementation into MBS software. Therefore, the model code has been manually
reprogrammed and changed to ideally fit the needs of the MBS software envi-
ronment like MSC. Adams. For frequency domain analysis the new model can be
switched to a simplified version (linearization) which calculates frequency
dependence very well but cannot match the amplitude dependent characteristics.
Similar linear models are available in some MBS applications but investigations
showed that automatic linearization is often not carried out correctly and results in
the time domain are different from frequency domain analyses. Therefore, such
models can only be used for time domain simulation whereas for frequency
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domain analysis a simple spring damper model is used. A linearized form of the
new bushing model and its parameter identification are described in this paper; it
leads to identical results in the time domain as well as in frequency domain
analyses around the used operating point. In order to improve flexibility and user-
friendliness the user can choose between a complex nonlinear model including
coupling of directions as well as amplitude dependence or any possible simplifi-
cation e.g. for linearization. The purpose of such a model is not to exactly describe
given physical dependencies but rather to estimate the transient behaviour from a
given (or expected or required) frequency response. In this paper the full nonlinear
bushing model is described briefly. The model performance is validated and a
concept for practical linearization is discussed with an example of the simplified
linear model version. Using the given equations, this linear form of the model can
be implemented into any MBS environment which is more accurate than a simple
spring-damper model and can also be used for frequency domain analyses.

Keywords Elastomer model � Amplitude dependence � Linearization �Mounting
� Pfeffer model

1 Introduction

For vehicle dynamics and ride comfort, engine mounts and suspension bushings
have a high impact. The vehicle represents a complex vibration system where
behaviour is affected not only by the tyre property, suspension system and the
elasticity of the car body, but also by the tuning of the variety of different mounts
and bushings. All mentioned components must be carefully tuned to achieve
satisfying comfort and vehicle dynamic characteristics. This tuning process is very
time consuming and expensive in an early phase of development where parts and
vehicle availability are limited. Therefore simulation based development is nec-
essary to offer a good choice of few part alternatives before actually manufacturing
mounts and bushings for on-road test manoeuvres (Fig. 1).

In order to predict the ride comfort and handling behaviour of vehicles during
the development process multi body simulation (MBS) tools are widely used.
Starting from basic MBS philosophy using only masses and linear frequency
dependent springs and dashpot elements the software tools developed to more
detailed modelling of sub-modules like suspension dampers, tyres or flexible
chassis structures. Bushings are usually modelled by a dashpot in parallel to a
spring element, the so called Kelvin-Voigt model. Such models offer good
agreement for dynamic stiffness over frequency but the damping characteristics are
only estimation; it is important to know the layout frequency correctly as shown in
Fig. 2. As another drawback, such linear models neglect amplitude dependent
characteristics or calculate the behaviour wrongly, even if the nonlinear static
stiffness characteristic is taken into account. In this paper a new nonlinear model
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for elastomer mounts and bushings is presented and a practical process for line-
arization of such nonlinear models is discussed.

2 Characteristics of Elastomer Mounts and Bushings

In order to derive the requirements for model development elastomer behaviour is
described in the following. Elastomer parts in general exhibit the following
characteristic behaviour:

– Stiffness characteristics at quasi-static excitation are usually nonlinear. There-
fore, the following characteristics more or less depend on the preload; behaviour
varies at different operating points.

– Under dynamic excitation the measured dynamic stiffness (kdyn) is much higher
than the static stiffness (kstat). The parameter dynamic hardening refers the
dynamic stiffness to the static stiffness: DH = kdyn/kstat.

Fig. 2 Evaluation of spring-damper model (Kelvin-Voigt) with experimental data: dynamic
stiffness is accurately mapped over frequency but damping characteristics (loss angle) are only
correct around layout frequency. Simulation results are shown for different layout frequency;
results are identical for any excitation amplitude

Fig. 1 Position of several elastomer bushings within vehicle and cross-sectional view of gearbox
mount (right)
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– The material exhibits some damping which can be seen in the hysteresis loops
(force over displacement) for static and dynamic excitation. The loss angle is
calculated from the integral of force over displacement (loss energy per cycle)
divided by a reference area. It can also be interpreted as the phase shift between
stress and strain and is widely used to characterise the damping behaviour of
mounts and bushings (Fig. 3).

– Dynamic stiffness significantly decreases over excitation amplitude; known as
the Payne effect. Damping slightly increases over amplitude but a maximum is
often reached; depending on the tested amplitude range as shown in Fig. 4.

– Damping and stiffness increases noticeably over frequency.
– After end of excitation relaxation behaviour is observed; materials internal

stress gradually decreases over time.
– Preconditioning is necessary before starting measurement because of the

Mullin’s Effect: Highly filled elastomer compounds reduce their stiffness during
the first loading cycles.

– The material’s characteristics also depend on temperature and aging.

All the above effects depend on the amount of filler in the elastomer matrix of
the rubber compound. The term elastomer refers to any rubber parts including
synthetic rubber compounds. In this project no material samples have been tested
but complete metal-rubber bushings and mounts; so, the part’s geometry also
highly affects the behaviour. The next figure shows the typical amplitude and
frequency dependent characteristics of elastomer bushings, using dynamic stiffness
and loss angle for characterisation.

Fig. 3 Measured nonlinear static displacement-force characteristics at 10 mm/min and calcu-
lation of average static stiffness kstat at various operating points (left). Behaviour at dynamic
sinusoidal excitation at 10 Hz with hysteresis characteristics (right): Note that the average
stiffness at small excitation amplitudes is higher than at high amplitudes. This behaviour is
independent from the static characteristic curve which shows almost constant stiffness around this
operating point
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3 New Nonlinear Model for Elastomer Bushings

3.1 Objectives for Model Development

This paper focuses on modelling elastomer bushings for vehicle dynamics and ride
comfort applications; emphasising the latter. Here, frequency range from 5 to
30 Hz is of main interest but the presented approach can also be used for ride
handling; misuse simulation; acoustics and other application fields due to its very
modular concept. Main focus is to simulate dynamic behaviour correctly within
MBS environment under the assumption the bushing behaviour is roughly known;
it is not a constitutive or FEA based model for prediction of characteristics
depending on material and geometry design parameters. Key goals for model
development were numerical stability under MBS environment; user-friendliness;
model flexibility for a wide range of application and computing time; in the
priority as listed. More specifically, the model could be used for real-time appli-
cations. Because these requirements are contrary to a high level of detail, in some
applications a linear model layout neglecting amplitude dependence is preferred;
e.g. for analyses in the frequency domain. In the following simulation results are
validated for the complete new nonlinear model. Next, a concept for practical
linearization of such a model will be explained. Equations and model structure of
the linear frequency dependent model are given and the implementation into MBS
environment is briefly described.

3.2 Model Description

The new nonlinear model is of a modular concept; Fig. 5 schematically shows the
model structure (9). The overall model behaviour is a combination of:

Fig. 4 Frequrency response (left) and amplitude response (right) for two different elastomer
bushings; amplitude response includes point cloud for increasing frequency: Impact of amplitude
dependence (Payne effect) and frequency dependence
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– Nonlinear static stiffness characteristics from a table which represents the main
spring k1 in the following picture.

– Frequency dependent behaviour resulting from two dampers and one spring in
parallel to the main spring.

– Amplitude dependent behaviour represented by nonlinear friction force char-
acteristics at dynamic sinusoidal excitation.

The nonlinear part of this model leads to a logarithmic increase of nonlinear
force FNL over amplitude that gives the known dynamic hardening and damping
attributes. The logarithmic force increase has originally been adapted from
Lambertz [2]. It is described in [3] and has been continuously further developed
within the last years [4–6]. In general, similar approaches can also be used such as
smoothened Coulomb friction elements, the approach used from Berg [7] and
Sjöberg [8] or Sedlaczek [9]. In this paper, linearization of such nonlinear model is
discussed without explaining the nonlinear part in detail.

The described nonlinear model proved numerical stability and high accuracy
for a great variety of different sorts of mounts and bushings. Model performance at
transient excitations was improved due to an extension of the amplitude dependent
part of the model that takes into account relaxation behaviour. The basic model has
also been extended for hydraulic engine mounts and it was further improved
particularly for hydraulic suspension bushings. Numerical implementation into
MBS environment will be further discussed in the future.

3.3 Model Evaluation

Nonlinear models do give a very good fit over a wide range of amplitudes and the
frequency dependence can also be seen under sinusoidal excitations like shown in
Fig. 6.

Fig. 5 Scheme for model structure of nonlinear model: In the following the nonlinear force FNL

is assumed to be zero; k1 represents the main spring which may or may not be directly referred to
measured static stiffness kstat; if nonlinear static characteristics are relevant they can be
implemented within a table that calculates k1 for the specific operation point from a given
displacement offset QX or a given force preload Gx as shown in the right picture
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Even though similar nonlinear models are increasingly used within MBS
environment and computing time is not significantly higher than other approaches,
there are certain typical numerical issues and the parameter identification for such
models could be very challenging. E.g. such modelling approaches may in some
cases lead to unexpected results under superimposed sinusoidal excitation or at
transient excitation in the time domain. These issues may be due to used modelling
principle but can also occur as a result of different numerical details in various
software tools. Hence, particular care needs to be taken for accurate implemen-
tation into the specific MBS software environment; model behaviour must be
validated under different constant or variable integration time step sizes and dif-
ferent types of solvers; the virtual test rig setup in the development software should
be identical to the one used in the target MBS environment.

Due to unexpected behaviour in the target software environment and a more
complex parameter identification process, nonlinear modelling approaches are not
widely used within MBS environments. On the other hand, if limited measurement
data for the bushing exists or frequency domain analyses are of main interest, a
linearization of nonlinear modelling approaches needs to be provided. Therefore,
linear models which do only take frequency dependence into account are still
preferred for a great variety of applications whereas nonlinear models currently are
only used for particular analyses in the time domain.

4 New Linearization Concept

For frequency domain analyses any nonlinear model approach needs to be line-
arized around an operating point. A comprehensive nonlinear model must there-
fore be able to be simply linearized in a way to give satisfactory simulation results
with a minimum effort in computing time and model parameter identification and

Fig. 6 Evaluation of full nonlinear Pfeffer model for elastomer mounts and bushings: nonlinear
models are capable of predicting amplitude dependence as well as frequency dependence
correctly over a wide range of frequencies and amplitudes. Model input: static stiffness kstat;
dynamic stiffness kdyn ± 0.1 mm@10 Hz; kdyn 1 mm@10 Hz; loss angle for ±0.1 mm@10 Hz
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without any numerical restrictions. During this linearization, the full nonlinear
model is changed into a more simple version which only consist of a combination
of springs and dashpot elements that can only map frequency dependence but
achieve similar results to the nonlinear model if the excitation amplitude is esti-
mated correctly.

The investigation showed that some MBS software tools provide similar linear
models which are more accurate than a simple spring damper approach. However,
the automatic linearization carried out for frequency domain analysis often does
not work accurately if these models are used. For example MSC.Adams/Car Ride
offers a model which is a simplified version of the described linear model; referred
to as the Frequency Bushing. This model is capable of giving very similar results
in the time domain but as a severe drawback the model behaviour is very different
when used for frequency domain analyses as shown in Fig. 7:

During automatic model linearization the principle model behaviour changes:

– the model becomes a simple spring-damper model as shown in Fig. 2.
– the approximation around the operating point is not correct but all nonlinear

parts are simply set to zero

Therefore, a new method for linearization has been developed to offer a model
which can be used for both, time domain simulation and frequency domain
analyses with the same accuracy.

4.1 Frequency Dependent Part of Elastomer Model

The following refers to the linear, frequency dependent part of the model where
FNL is zero after linearization of the full nonlinear model. The overall force is then
given by

F ¼ Flin ¼ F1 þ F2

Fig. 7 Automatic linearization procedure in MSC.Adams/Car (2008-r1) does not calculate the
frequency response accurately over the whole frequency range. Using the new model, frequency
domain analysis gives exactly the same result as the time domain simulation carried out in
Simulink (blue curve)
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At very slow excitation the overall stiffness of the model is dominated by the main
spring k1 because the dashpot element c1 causes negligible force (F2 = c1�du/dt).
The resulting force of the overall model therefore only depends on the main spring
and excitation displacement u.

Flin ¼ F1 ¼ k1 � u

For further simplification the main spring k1 is assumed to be linear around the
regarded operation point; nonlinear static stiffness characteristics are neglected.
Alternatively, an average stiffness is given for the particular operating point out of
table data.

In the program routine the model parameters are related to each other in the
following way:

a ¼ k2=k1
b ¼ c2=c1

c ¼ c1=k1

Using these new model parameters alpha beta and gamma the resulting force of
the model can by calculated using the following equation:

F ¼ k1 uþ c1

k1
� _u� _zð Þ

� �

¼ k1 uþ c _u� _zð Þð Þ

Where z is the displacement at the second spring k2 and _z is the derivative of z.
_z is estimated by:

_z ¼ 1
1þ b

� _u� a
c

� �

� z
� �

The force F1 at the main spring is F1 ¼ k1 � u:
And the force F2 at the dashpot is

F2 ¼ k2zþ c2 _z ¼ c1 _u� _zð Þ

This simplified model version can now be used for frequency domain analyses
if the force development is calculated correctly. Frequency dependence is simu-
lated accurately and results will be the same for any excitation amplitude as long
as the static stiffness does not change. If static stiffness is nonlinear the model will
lead to a sort of amplitude dependence; however, this amplitude dependence does
not take into account the dynamic hardening due to the Payne effect.

4.2 Transfer Function

Using the following equations, the described models frequency response could be
calculated easily; by embedding the equations into code as sub-routine or via co-
simulation the represented model can be implemented into any MBS software tool.
This model is already of a linear type, so that simulation results in the time domain
and from frequency analyses are almost identical.
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For frequency domain analyses displacement and force is considered to be
sinusoidal with the excitation frequency X; the equations can be described in
complex form as follows:

u ¼ ÛeiXt

_u ¼ iXÛeiXt

z ¼ ẐeiXt

_z ¼ iXẐeiXt

F ¼ F̂eiXt

Leading to:

iXẐeiXt ¼ 1
1þ b

iXÛeiXt � a
c

� �

� ẐeiXt

� �

Rearranging:

Ẑ ¼ Û 1þ bð Þ þ a
iXc

� ��1

Substituting into

F̂ ¼ kstatÛ 1þ iXc 1� 1þ a
iXc

� ��1
" # !

Hence the loss angle d is:

d ¼ arg
F̂ðXÞ
ÛðXÞ

� �

¼ arg kstat 1þ iXc 1� 1þ bð Þ þ a
iXc

� ��1
 ! ! !

During parameter identification one parameter set is identified for the full
nonlinear model and another one for a linearized form of the model that gives
identical results in the time domain and frequency domain but does not change
with different excitation amplitudes as can be seen in Fig. 8.

In order to compensate the missing stiffness and damping from the nonlinear
friction force a specific parameter set for the linear model version is parameterized
separately; using this parameter set, frequency domain analysis [2] and time
domain simulation [1] give exactly the same results. The easiest way is to increase
the main stiffness k1 by the amount of stiffness due to the nonlinear friction force
that is missing after linearization process. As a drawback the real static stiffness
kstat does not correspond to the models stiffness k1. This could lead to inaccurate
calculation of the operating point and hence an error or numerical stability issues
at the start-up of overall vehicle simulation. For compensation the operating point
has to be shifted e.g. by an additional displacement offset onto the bushings
position if the static preload of the particular bushing may not change.
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4.3 Parameter Identification Process

In the following the method for parameter identification of the linearized model is
discussed. Here, accuracy over the frequency range is slightly worse but as a
benefit, the real static stiffness kstat can still be used for the main spring k1. Besides,
this description clarifies the impact of the model internal parameters a, b and c for
analytical parameter identification.

In Fig. 9 the effect of changing the main model parameters a, b and c is shown:

– a defines the increase of stiffness over frequency
– increasing b results in increasing damping at high frequencies

Fig. 8 Linearization procedure in MBS software using new bushing models: the loss angle for
the full non-linear model version (1) is higher than for the linearized version for the regarded
excitation amplitude (2)

Fig. 9 Impact of changing model parameters alpha (a - a), beta (b - b) and gamma (c - g) on
frequency response of the simplified model used for linearization: For c = 2.a the peak loss angle
of the model is reached at approx. 0.07 Hz. With a smaller relation gamma/alpha the impact of
spring k2 and damper d1 shows at higher frequencies. Note, that alpha and gamma mainly affect
the behavior for frequencies below 10 Hz in this example. The model parameter beta = d2/d1

defines the increase of damping at higher frequencies
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– the relation a/c defines the resonant frequency; changing the relation shifts the
peak of damping to another frequency range.

The parameter a sets the maximum increase of stiffness over frequency due to
the linear part of the model. The static stiffness and dynamic stiffness are known
from experiment. Without any nonlinear contribution, all of the increase of stiff-
ness must come from the frequency dependent part of the model. Hence, the
parameter k2 can be found by:

k2 ¼ kdyn � k1 ¼ kdyn � kstat ¼ ðkstat � DHÞ � kstat ¼ kstatðDH � 1Þ:

The dashpot d2 additionally gives increasing loss angle over frequency; in case
d2 was zero the loss angle at 50 Hz would also be zero. After a and c have been
chosen, the damping coefficient d2 and thus the model parameter b is increased
until the loss angle at the specified frequency is within a certain tolerance of the
input loss angle. The right picture in Fig. 9 shows the used example with loss angle
delta = 2.9� at the layout frequency of 50 Hz.

Figure 10 shows parameter identification in a way that all dynamic hardening is
high enough to reach measures dynamic stiffness for 0.1 mm within approx. 3 Hz.
In this case the loss angle below 3 Hz and above 10 Hz is much too high but
around the layout frequency of 15 Hz the model behavior is much better than a
simple spring damper model (compare Fig. 2) Main benefit of this method is that
the real static stiffness can be used for k1 and still very high dynamic hardening
ratios are possible.

In contrast, the standard procedure (compare to Fig. 8) uses given relations
between a, b and c to give a good fit over frequency. Because the dynamic
hardening cannot exceed a certain value, the stiffness k1 has to be significantly
higher than the real static stiffness kstat. Beneficially, the model parameters a, b
and c are usually taken from experience and do not have to be varied for each
particular bushing; instead only the main stiffness k1 and eventually a are changed
and the rest of the model parameters remain within the same ratio.

Fig. 10 Analytical parameter identification with the goal to use real measured static stiffness for
main spring k1 and to achieve sufficient dynamic hardening with only linear part of the new
bushing model
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5 Conclusion

A new nonlinear model for elastomer mounts and bushings has been developed
and successfully validated within an MBS environment. For frequency domain
analyses nonlinear models need to be accurately linearized around an operating
point. A new concept for practical linearization of such models has been discussed
in this paper. Without giving details of numerical computation of the full nonlinear
model, a simplified linearized version has been described that gives accurate
results in the frequency domain but does not take into account the amplitude
dependence due to the Payne Effect. Using these equations, a linear version of the
new model can be implemented into any MBS environment which is more
accurate than a simple spring-damper model in the time domain and can also be
used for frequency domain analyses.
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Research on Variable Steer Ratio
of Active Front Steering System
with Fluctuating Velocity

Jun Wang, Zhenhai Gao and Fangming Lou

Abstract Active Front Steering System (AFS) combines the advantages of Steer-
by-Wire system and traditional mechanical steering system, and it has been
developed rapidly recently. This paper focuses on the design of Variable Steer
Ratio (VSR) for AFS, which is the key of AFS development. The objective of this
study is to investigate a better approach of steer ratio design for AFS. Firstly, the
typical piecewise linear style steer ratio presented in most early studies is intro-
duced and its imperfection is analyzed. Then the guideline for VSR design is
derived and a smooth curve style steer ratio is designed based on sigmoid function.
Finally, the two different types of steer ratio (piecewise linear and smooth curve
style steer ratio) are tested with CarSim and Simulink and analyzed comparatively.
The simulation show that not only the steer ratio fluctuation effected by the smooth
curve style is smaller than the piecewise linear steer ratio when vehicle velocity
oscillates around the demarcation speed, but also the front road wheel angle
superimposed by the smooth curve style is more smooth when vehicle speed
changes in a wide range.
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1 Introduction

Active Front Steering System (AFS) has become an active area in the fields of
vehicle active safety and integrate vehicle chassis control after it was introduced
together with the new BMW 5 Series for the first time in 2004. AFS System
combines the advantages of Steer-by-Wire system and traditional mechanical
steering system [1, 2], and AFS system has been developed rapidly recently. Due
to AFS system could implement an electronically controlled superposition of an
angle to the hand steering wheel angle that is prescribed by the driver, it is possible
to design the vehicle steering ratio as a function with vehicle speed. However, the
permanent mechanical connection between steering wheel and road wheels
remains [1, 2]. AFS could adjust the vehicle performance by means of intervening
the road wheel angle in condition of the driver has top priority, which avoids the
people’s concerns about the Steer-by-Wire system. The functionality of AFS is
classified into the stabilization functions (e.g. yaw rate control) and the assistance
functions (e.g. variable steering ratio) [2]. A lot of studies about the active steering
system carried out by engineers and scholars all over the world. But most of the
studies focus on the stabilization functions, and the researches aimed at the
assistance functions are rarely posted.

As a basic function of the active steering system, the driver will experience the
performance of the assistance functions at first, and more attention is paid to
assistance functions development for AFS in this paper. To design the steer ratio as
a function with vehicle speed, which is called Variable Steer Ratio (VSR), is the
key of AFS system development [2, 3]. AFS enables continuous and situation-
dependent variation of the steering ratio and therefore adaptation of the trans-
mission behaviour between the steering wheel and the vehicle’s reaction to the
relevant driving situation. Comfort, steering effort, handling and directional sta-
bility have been extensively optimized as a result of this. So the performance of
Variable Steer Ratio function reflects the performance of a whole AFS System to a
large extent.

Recently, a few researches are involved the development of VSR for AFS
system. Gaogao put forward a piecewise linear function to describe the profile of
steer ratio which is dependent on vehicle speed for VSR [4]. Shimizu and Yu
Yanlei etc. present a method to design the steer ratio based on the vehicle yaw rate
gain [5, 6]. Abe etc. carried out a study using a simple fixed base type of simulator
which showed the upper and lower limit of the appropriate gain of the steering
system [7]. It can be inferred from above studies that it is not difficult to find some
common ground in designing variable steer ratio: a, the steer ratio of AFS
increases with increasing speed in a wide range; b, the steer ratio of AFS trends to
level out at low speed and high speed, in other words, the steer ratio of AFS almost
change a little or even keep a constant value when vehicle speed changes at low
speed and high speed.

All the above researches cover the two common grounds, but transient per-
formance of variable steer ratio when the speed varies from low speed to high
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speed is paid little attention, moreover, the VSR performance is not discussed in
detail in a condition of velocity fluctuating, accelerating or decelerating. Due to all
AFS functions are implemented by the electronic control system, it will be
influenced by the particularity of the electronic control system. For instance, the
actual vehicle velocity is not able to be measured by low cost sensors at present. So
the vehicle velocity is estimated from the four road wheel speed sensors. Due to
the physical wheel speed signal is inevitably interfered by noise and the wheel
speeds always fluctuate in a range, it will result in a fluctuation of vehicle velocity
[8, 9], as shown in Fig. 1. The VSR adopted the piecewise linear style steer ratio
will cause steer ratio vibrate seriously especially at turning points when vehicle
speed changes. The steer ratio vibration will make the AFS actuator motor run
continuously and repeatedly, which will bring about a bad effect on VSR per-
formance and even more energy consumption. Furthermore, because acceleration
and deceleration are essential parts in ordinary driving, it is necessary to discuss
the VSR performance with speed varying in a large range resulted from acceler-
ation or deceleration.

In order to improve the transient performance defect of the piecewise linear
style variable steer ratio, the design of variable steer ratio illustrated as a smooth
curve is introduced in this paper. Moreover, the kinematics model of AFS actuator
and a variable steer ratio controller are established in the study and simulation tests
are implemented with CarSim & Simulink.

2 Modelling of Active Front Steer System

Compared with traditional mechanical steering system, active steering system is
comprised of a double planetary gear and an electric actuator motor additionally,
besides the primary mechanical steering system. Because all the links from the
steering wheel to road wheel are mechanical, it is indubitable that AFS is reliable
and safe. AFS could ensure that the vehicle is under driver’s control all the time,
and make the driver have a clear road feel [2]. The planetary gear of AFS have two
degrees of freedom (DOF), the output of the planetary gear connects with the
steering gear’s pinion, and one input connects with the steering wheel, and the
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other input connects with an electric actuator motor. The steering gear’s pinion
angle dV is dependent up on the steering wheel angle dS and motor angle dM, and
there is a nonlinear relationship between the average front road wheel steering
angle df and the pinion angle dV. Hence, the front wheel angle df relied on the
pinion angle dV would be changed with variation of the motor angle dM when
given a certain hand steering wheel angle dS, such is the function of variation of
steering ratio. The above relationships are shown as follow Eq. (2):

dVðtÞ ¼ iV � dSðtÞ þ iS � dMðtÞ ð1Þ

df ðtÞ ¼ FðdVðtÞÞ ð2Þ

df ðtÞ ¼ 1=i � dSðtÞ ð3Þ

Where dV denotes the steering gear’s pinion angle, dS the hand steering wheel
angle, dM the motor angle, df the average front road wheel angle, iS the factor of
conversion from hand steering wheel angle to the steering gear’s pinion angle,
iM the factor of conversion from motor angle to the steering gear’s pinion angle,
F(�) denotes the nonlinear relationship between the average front road wheel
steering angle df and the pinion angle dV, i is defined as the steer ratio of active
steering system.

The core of the AFS system actuator is primarily comprised of a double
planetary gear, an electric actuator motor, a worm gear, an electromagnetic
locking unit in case of a safety relevant malfunction. The previous paper [10] gives
a detailed description of modelling of AFS planetary gear, whereas this one
focuses on the variable steer ratio functionality of the system.

3 Design of Variable Steer Ratio for Active
Front Steer System

3.1 Design Variable Steer Ratio as a Function with Velocity

A driver needs to turn the steering wheel for a desired lateral acceleration and yaw
rate if the driver wants to make a vehicle turn. When a vehicle turns the same
corner, as known to all, a big steer ratio requires more steering wheel angular
displacement than a small steer ratio, which even makes the driver cross his hands
to turn a large angle. So it requires a driver to pay more physical effort, and it
makes the driver feel vehicle steer response slowly and insensitively. However, a
small steer ratio requires less steering wheel angular displacement, but it makes
driver fell vehicle much too sensitive to control accurately, and the handling
problem becomes more serious especially at high speed. The problem can be
solved perfectly by variable steer ratio of active front steer system. The Variable
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Steer Ratio is the first function of AFS which is experienced by driver, and the
variable steer ratio is the basis of active front steer system.

To improve the performance of the piecewise linear style steer ratio, a smooth
curve is introduced to describe the variable steer ratio in the study, which is named
as smooth curve style steer ratio. With comparing performance of the two types
steer ratio, the design requirements and guidelines for Variable Steer Ratio could
be concluded from the research results.

The piecewise linear style steer ratio is illustrated by black dotted line as shown
in Fig. 2. The piecewise linear style steer ratio can be divided into three parts: high
gain steer ratio at low speed, low gain steer ratio at high speed and linear gain steer
ratio at medium speed. In order to guarantee vehicle mobility, the steer ratio is set
to imin if vehicle velocity is lower than a fixed value u1; to improve the manipu-
lation accuracy at high speed, the steer ratio is set to imax if vehicle velocity is
higher than a fixed value u2; the steer ratio increases with velocity linearly. The
piecewise linear style steer ratio is shown as follow equations.

ilðuÞ ¼
imin u� u1

ðimax � iminÞ=ðu2 � u1Þ � ðu� u1Þ þ imin u1\u\u2

imax u� u2

8

<

:

ð4Þ

Where il(u) is defined as the piecewise linear style steer ratio of active steering
system, u denotes vehicle velocity, u1, u2 are the boundaries of low speed and high
speed respectively, imin, imax is the constant steer ratio at low speed and high speed.

The piecewise linear function is simple and easy to implement in AFS system
control algorithm, so it has been adopted to represent the various steer ratio in most
early studies. But the steer ratio will be influence greatly due to the discontinu-
ousness of piecewise function, especially when the vehicle speed fluctuates wildly
around the points of demarcation of the piecewise linear function (e.g. speed is
near u1, u2). It has been proven to have a bright prospect to alleviate the problem
by promoting the steer ratio form (e.g. the smooth curve type steer ratio presented
in the study). And the requirements which are needed to meet by new style steer
ratio will be derived in detail in this section. As shown in Fig. 3, the piecewise
linear style steer ratio is shown as the dash line, its equation is i = f1(u), and the
gradient of linear part is defined as k. the smooth curve style steer ratio is shown as
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the solid line, and its equation is i = f2(u). When vehicle velocity varies in the
range of [u1-Dx, u1 ? Dx], the change of steer ratio is depicted as follows:

Dil ¼ f1 u1 þ Dxð Þ � f1 u1 � Dxð Þ ð5Þ

Dis ¼ f2 u1 þ Dxð Þ � f2 u1 � Dxð Þ ð6Þ

Where Dil(u), Dis(u) are defined as the variation of the piecewise linear and the
smooth curve style steer ratio, Dx denotes the vehicle velocity variation.

It can be inferred from the Eqs. (4) and (5):

Dil ¼ k � Dx ð7Þ

Where the gradient of the linear steer ratio k = (imax-imin)/(u2-u1).
The first order Taylor series expansion replaces Eq. (6) at u1 :

Dis � 2f 02ðu1Þ � Dx ð8Þ

Where f2’(u1) is the value of the first order derivative of the smooth curve
f2(u) at u1.

It will make the variation of the smooth curve style steer ratio f2(u) at turning
points milder than the piecewise linear style f1(u), if Dil [Dis. Thus, Eq. (9) can be
deduced as follow.

f 02ðu1Þ\ k=2 ð9Þ

It can be inferred from above equation that the sufficient condition, which could
ensure the fluctuation of the smooth style steer ratio resulted from speed noise
smaller than the linear style, is to make the gradient f2’(u1) of smooth curve
f2(u) smaller than half the slope of linear steer ratio at u1.

The smooth steer ratio can be designed by curve fitting. The sigmoid function
has been chosen to design smooth steer ratio in the study. A smooth style steer
ratio with independent vehicle velocity has been introduced by modifying sigmoid
function, as shown in Eq. (10). Moreover the parameters in the equation have clear
physical significance and easy to understand by engineers.

isðuÞ ¼ ðimax � iminÞ=ð1þ e
�

u� ðu1 þ u2Þ=2
15 Þ þ imin ð10Þ

Fig. 3 Linear steer ratio and
smooth steer ratio zoom in at
u1
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where is(u) is defined as the smooth curve style steer ratio, other variables is same
as Eq. (4).

It can be calculated with parameters in Table 1 like that is’(u1) = 0.091 \ k/
2 = 0.2167/2 = 0.1083, the result shows that the smooth curve style steer ratio
depicted by Eq. (10) has met the sufficient condition Eq. (9). When Dx is set to a
given value of 0.8 (the fluctuation amplitude of vehicle velocity from the road test
results is around 0.8 km/h), it can be inferred that Dis = 0.1467 \Dil = 0.1733,
that is to say, the fluctuation of steer ratio induced by speed noise of the smooth
curve style is smaller than the piecewise linear style, which will be validated by
simulation tests in next paragraph.

4 Simulation Tests and Results Analysis

In order to implement the Variable Steer Ratio function of AFS and compare the
above two styles steer ratio, the kinematics model of AFS actuator has been
established with CarSim and Simulink and a PID controller for VSR has been
designed in this paper. The structure of the controller is shown in Fig. 4 and
control system block diagram is depicted in Fig. 5.

In order to compare the performance of above two styles of steer ratio, steady-
state circular driving tests have been carried out in CarSim virtual test environ-
ment, and the radius of turn is 100 m according to ISO 1438 [11]. As shown in
Fig. 6, a car accelerates with a fixed acceleration of 1 km/h/s from 0 to 100 km/h
to imitate actual speed signal closely, some noise has been added to the speed
signal from the CarSim vehicle model.

In the steady-state circular driving test, the steering wheel angle profiles are
represented in Fig. 7. The VSR equipped vehicle requires a smaller steering wheel
angle than the conventional vehicle in the same radius cycle test when speed is
lower than 98 km/h, the advantage is more obvious especially at low speed. With
increasing speed, the superposition angle generated by VSR of AFS will decrease
gradually and even superpose an angle reversely which makes it easy to control
vehicle direction accurately because the driver could steer hand wheel to turn a

Table 1 Parameters in equations of steer ratio

Parameter u1 u2 imin imax

Value 30 km/h 90 km/h 9 22

steering 
wheel angle Variable 

Steer Ratio

PID
controller

vehicle 

front wheel angle f  

speed u

sδ
fδ ∗

MδFig. 4 Structure of variable
steering ratio function
controller
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finer road wheel angle at high speed. It can be revealed from Fig. 2 that VSR will
superpose a reverse angle to front road wheel which will makes the steering wheel
angle increase when vehicle speed becomes higher than the speed (about 70 km/h)
at the intersection of variable steer ratio and conventional steer ratio. However, the
test results show that the steering wheel angle doesn’t increase obviously when
speed becomes higher than 70 km/h. The reason of above unexpected phenomenon
is that the feedback of VSR controller is the pinion angle not the front road wheel
angle and the compliance character of the vehicle chassis is not considered in the
VSR controller which has an effect upon road wheel alignment. The vehicle lateral
acceleration increase rapidly with increasing speed. Lateral tire force saturation
and compliance steer will reduce the front wheel angle in the condition of large
lateral acceleration, which will make the actual steer ratio greater than nominal
steer ratio so that the actual steering wheel angle becomes greater than the cal-
culated value with traditional steer system in the same radius turn test [12].
Therefore, the steering wheel angle of VSR equipped vehicle is closer to the
traditional vehicle at high speed.

As shown in Figs. 2 and 7, there are few entire differences between piecewise
linear style steer ratio and smooth curve style. Hence overall performance of the two
styles steer ratio is similar to each other, and most part of the result plot (e.g. steering
wheel angle) overlays each other except when speed is near 30 or 90 km/h.

It can be concluded from test results that when speed fluctuates on a large scale
(for example, as shown in Fig. 6, a vehicle accelerates from 20 to 100 km/h) the
superposition angle profile generated by the smooth style steer ratio is more

Fig. 5 VSR control system block
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smooth and continuous than the linear style and an abrupt change appears in the
superposition angle curve of linear style VSR at a speed of 30 km/h, as shown in
Fig. 8. To achieve the VSR function, AFS need to increase the superposition angle
along with increasing vehicle velocity, in addition the affect of understeer has to be
compensated. The superposition angle profile generated by the smooth style steer
ratio is smooth because the steer ratio profile is smooth.

There are great differences between the two styles steer ratio at speed of 30 and
90 km/h, as shown in Figs. 9 and 10. The fluctuating velocity results in superpo-
sition angle variation, whose amplitude in smooth style VSR is smaller than linear
style. Hence it provides evidence for the advantages of smooth curve style steer ratio
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discussed in the above paragraph. The superposition angle variation amplitude is
close to zero in linear style VSR because the steer ratio is set to a fixed value when
vehicle speed is lower than 30 or higher than 90 km/h.

5 Conclusions

In order to solve the defect of typical piecewise linear style steer ratio, a new style
of variable steer ratio depicted as a smooth curve is introduced in this paper. And
the parameters in the equation are easy to be understood and applied by engineers
because they have clear physical significance. The sufficient condition is derived
from mathematical method, which makes the steer ratio fluctuation of smooth
curve style caused by vehicle velocity noise more smooth than the piecewise linear
style variable steer ratio. Based on the derivation, a sigmoid function has been
chosen to formula the smooth curve style steer ratio. Then the two different types
of steer ratio (piecewise linear and smooth curve style steer ratio) are tested with
CarSim and Simulink and analyzed comparatively. The simulation results show
that not only the steer ratio fluctuation effected by the smooth curve style is smaller
than the piecewise linear steer ratio when vehicle velocity oscillates around the
demarcation speed, but also the front road wheel angle superimposed by the
smooth curve style is more smooth when vehicle speed changed in a wide range.
The research results proved in this paper may be a guide to contrive variable steer
ratio function. In future, road tests will be carried out, and then an approach to find
the optimal steer ratio at low speed as well as high speed and subjective evaluation
method for variable steer ratio function in AFS system will be promoted.
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Suspension Kinematic and Compliance
Correlation: Test and Simulation

Da Xu, Bo Zhu, Shigen Hu, Zhonghui Zhang, Bingyong Wang,
Wei Chen and Yanghui Xu

Abstract Kinematic and Compliance (K&C) characteristics are the critical
attribution to evaluate suspension performance. ADAMS-Car is a popular tool to
simulate for suspension K&C characteristics simulation. Engineering experience
has proved that even with all the component ratings as input, it is not guaranteed
that the simulation could accord with physical testing, a lot of idealized simpli-
fication has their effects, e.g.: Difference on ride height, Friction, Hysteresis,
Simplification of tyre mechanism, Assembly tolerance, Problem with small
magnitude parameters. This paper will exemplify all this.
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Before a valid simulation is conducted, the input parameters of the ADAMS model
have been verified. Hardpoint information is obtained from design value, actually
measurement on the physical vehicle shows that the hardpoints are within the error
tolerance. All elastic component characteristics are from measured results. Based
on these premises, a comparison between simulated result and physical testing
result has been made. While most of these results shows consistency, there are
certain aspect of the results demonstrate discrepancies.

Follow sections will try to explain the foundings:

1 Difference on Ride Height

Oftentime, the loading conditions on the physical testing and simulated model are
not totally identical, which leads to different ride height, thus the direct comparison
will show differences. Figure 1 exemplifies this problem on wheel force-wheel
travel plot, the results shows a horizontal shift on the abscissa. After adjusting the
ride height of the simulated model, a rectified version is shown in Fig. 2, which
shows accordance between the two. Another example is given on Figs. 3 and 4 on
camber angle-wheel travel plot.

2 Friction

A visit back to Fig. 2 also reveal that friction does exist for vertical bounce test,
which is shown by the difference on wheel force for bouncing and droop direction.
However, current simulation does not take into account friction, the wheel forces
are identical for two different directions.

3 Hysteresis

Due to the hysteresis nature within rubber bushes, after load is removed from
rubber, the rubber component won’t recover to its original shape before loading
was applied. This phenomenon can be seen in Fig. 5, for the toe angle-wheel force
compliance steer plot, toe angle in loading and unloading directions are different.
On the other hand, simulation model does not taken into account hysteresis, the toe
angle is identical between loading and unloading conditions.
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Fig. 2 Wheel force–wheel
travel (with ride height
adjustment)

Fig. 1 Wheel force–wheel
travel (without adjustment)
[1]
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4 Simplification of Tyre Mechanism

Tyre model utilized now are specialized for certain application only. Figure 6
shown good accordance while Fig. 7 does not demonstrate same level of accor-
dance, the reason is that tyre model is simplified for tyre force, which results in
large deviation of the tyre contact point in high camber situation. This is again
supported with the camber variation shown in Fig. 4.

Fig. 4 Camber angle–wheel
travel (with ride height
adjustment)

Fig. 3 Camber angle–wheel
travel(without ride height
adjustment)
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5 Assembly Tolerance

Due to the existence of assembly tolerance, asymmetry of left and right may result in
discrepancy on test result from left to right. In which situation, the simulated result will
have to be compared with physical testing results from both left and right. An extreme
example is shown in Figs. 8 and 9, the big discrepancy is due to the problem on the
vehicle, which is not a useful data and must be eliminated on the correlation process.

Fig. 6 Wheel centre y
displacement–wheel travel

Fig. 5 Toe angle–wheel
force
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Fig. 8 Toe angle–wheel
travel(left)

Fig. 7 Track change–wheel
travel
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Fig. 10 Wheel center Y
displacement–wheel travel
(range of Y-coordinate:
-2.5–2.5 mm)

Fig. 9 Toe angle-wheel
travel(right)
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6 Problem with Small Magnitude Parameters

For parameters that changes little with loading, the plotted result will show big
difference especially in small scale. As shown in Fig. 10, it was deemed well
correlated although the plot shape is different; the rationale is that we won’t
evaluate the parameter in such amplified level of magnitude. Alternatively, the
scale in Fig. 11 is the proper scale for evaluating lateral migration of wheel centre
in bounce test.
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Fig. 11 Wheel center Y
displacement–wheel travel
(range of Y-coordinate:
-50–50 mm)
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Decrease in Dynamic Loading
of Transmission Elements of the Vehicle

Alexandr Taratorkin, Viktor Derzhanskii and Igor Taratorkin

Abstract The research is devoted to forecasting resonances of metal-ceramic disks
(MCD) of transmission frictional elements for transport vehicles and determining
the ways of increasing useful life. The analysis of the nature of destructions allowed
for putting forward a hypothesis about MCD destruction due to the high-frequency
resonance oscillations generated by the torque converter. Such an effect is new and
has never been investigated before. The method of computation of natural high
frequencies of MCD is developed for deleting resonant modes. Taking into account
complexity of the disk design, natural frequency is analytically defined under many
assumptions. In order to evaluate consistency of the assumptions in identifying
natural frequencies and forms of MCD oscillations the method of nondestructive
control based on identifying frequency characteristics during acoustic radiation of
the test disk is developed by dominating values of spectral density of the process.
Fine precision of theoretical and experimental investigations allows predicting
possibility for occurrence of resonant modes of functioning of MCD frictional
elements, essentially specifying the technique of design calculation, as well as
solving an inverse problem of resonant mode deletion.
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In the designs of multi-purpose tracked and wheel vehicles operated in the rugged
environment, hydromechanical transmissions are widely used. Despite the pro-
gress in creating the prototype models of electromechanical, hybrid and variator
transmissions, the hydromechanical ones retain their competitiveness. Therefore,
at present more and more perfect designs of hydromechanical transmissions are
developed for vehicles of the specified class, which are being developed or
modernized. Testing experimental models of vehicles speaks for high dynamic
loading, limiting durability of the details, in particular, of metal-ceramic disks of
frictional control elements and components joined with them. The paper considers
a new kind of breakdown—disk disruption, which is observed in transmissions
under development and in designs of the world leader—Allison Company (Fig. 1).

The metallographic examination of the disrupted disks shows that formation of
cracks has a fatigue character, which occurs during a limited time of trial opera-
tion. In this regard the hypothesis about parts failure due to occurrence of high-
frequency oscillations in a resonant mode is put forward.

The research objective is to increase useful life of vehicle transmission ele-
ments by an exclusion of resonant modes in metal-ceramic disks of frictional
elements of the control system.

fatigue crack nucleation

Fig. 1 Specific disruption of MCD (on the left: the prototype transmission; on the right: Allison
transmission)
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The target goal is reached by creating a method of forecasting the conditions for
exciting resonant modes in frictional elements of the control system and by solving
the inverse problem.

The resonant mode is observed during torque converter (TC) operation in a
hydrocoupling mode at insignificant, from 10 to 15 %, turbine sliding against the
pump. The engine torque, a before-torque-converter zone, as well as gear systems
do not contain such high order harmonics. In this regard the hypothesis about
occurrence of a new, unexplored dynamic phenomenon—excitation of resonant
oscillations by the torque converter—is put forward.

The hypothesis is proved by the character of spectral density: when the TC is
blocked it comes as white noise, i.e. oscillations occur in a wide range of fre-
quencies without resonances.

During further investigation it is revealed that one of natural frequencies of a
collapsing metal-ceramic disk is equal to 703 Hz (see Fig. 6). Thus, while
designing a HMT (hereinafter–Hydro Mechanical Transmission) it is obviously
important to be able to estimate correctly torque converter disturbing properties
and frequency characteristics of MCD of transmission frictional elements, for
solving the problem of changing resonant modes out of limits of the working
range.

For this purpose hydrodynamic processes in the inter-blade space of the torque
converter are studied for an operating mode preceding transition to the hydro-
coupling mode (when the highest vibration acceleration on the transmission case is
observed in the above-stated range of frequencies).

On the basis of imitation of hydrodynamic streams in the inter-blade space, in
relative motion of blade wheels of widely used and power-consuming torque
converter GTK-XV with the number of blades of the blade wheels of the pump
kp ¼ 28, turbine kt ¼ 22, it is defined that in transition of the pump and turbine in
relative sliding 30–200 rpm a simultaneous interaction of two pairs of blades of
the pump and turbine blade wheels occurs. In this regard hydrodynamic impulses
with frequency of 703 Hz (Fig. 2a) that corresponds to frequency of the oscilla-
tions identified during test studies of the HMT (700–730 Hz) are formed. Besides,
modeling of a series of hydrodynamic impulses in the form of a truncated cosi-
nusoid with slip frequency of less than 136 rpm and the spectral analysis have
revealed existence of harmonic components of the high order falling within the

28=pk , 22=tk 27=pk , 22=tk

(a) (b)

Fig. 2 Shape of pulse formed by the torque converter: 1–single pulse; 2–pair pulse; 3–impulse
formed by the TC with kp ¼ 27, kt ¼ 22
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range of a resonant mode. For the purpose of identifying the ways of tuning out
disturbance from natural frequency of the disk, computation of impulses in the
transition ‘‘pump-turbine’’ is executed with the reduced number of blades kp ¼ 27.
In this case splitting of pair pulses occurs and, respectively, a 2-times increase in
disturbance frequency with a simultaneous decrease in its amplitude (Fig. 2b).
Thus, the given result can be used while defining the number of blades of wheels in
design calculations. The exclusion of torque converter operating conditions, under
which it turns to be an oscillator, is possible also under relevant control of the
block system, of the synthesis of the turbine dynamic damper tuned to a resonant
frequency. While installing MCD on the epicyclical gear of planetary gear set,
antiphase damping realized through a two-line power supply—namely through
carrier gear and a sun gear—is effective.

To confirm the hypothesis about MCD breakdown due to occurrence of high-
frequency oscillations caused by close agreement between natural frequency and
disturbance from TC it is necessary to have an authentic method of determining
natural frequencies of MCD.

Natural frequencies of MCD are defined in the following manner. Structurally,
MCD, applied in the HMT frictional elements in gross production, are made from
a steel ring (steel 65 G) with the moment of inertia for a rectangular section

(J ¼ b � h3�

12) with a gear rim internally toothed and with the frictional metal-
ceramic plates (MC-5) baked to copper-plated surfaces of a steel ring at temper-
ature of 750 �C through the adhesive layer. To define natural frequencies of MCD
in an analytical way presents certain difficulties due to mechanical and physical
material property difference. In this regard, natural frequency of a steel ring with
reduced bulk mass mo and modulus of stiffness E is analytically estimated. The
influence of a gear rim and a metal-ceramic plate on the values of natural fre-
quencies is determined experimentally.

Natural frequency of the steel ring is determined in accordance with the wave
theory and is based on the researches of Timoshenko [1], Suryaninov [2], Pfeifer [3],
Den-Gartog [4] etc.

The design of the steel ring agrees with the main assumptions accepted in
researches of circular rings. The ring is considered as a circular bar of a bounded
curvature R�1of an uniform cross section.

According to the wave theory oscillations of the circular ring, irrespective of
the methods offered by various authors, are reduced to the system of partial dif-
ferential equations (structural model in Fig. 3) which, considering bending oscil-
lations in the ring plane, exclusion of a part of coordinates, are reduced to the sixth
order differential equation describing tangential movement x2 of annular cross
section, defined by an angular coordinate u:

o6x2

ou6
þ 2

o4x2

ou4
þ o2x2

ou2
þ m0R4

EI
� o

2

ot2

o2x2

ou2
� x2

� �

¼ 0 ð1Þ

The solution of the motion equation is determined in the form of radial x1 and
tangential x2 movements (Fig. 3):
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x1 ¼ U1 uð ÞCos xt; x2 ¼ U2 uð ÞSin xt:

d6U2

du6
þ 2

d4U2

du4
þ d2U2

du2
� m0R4x2

EI

d2U2

du2
� U2

� �

¼ 0

U1 ¼ �
dU2

du

ð2Þ

According to the general rules for solution of differential equations, it is
necessary to find the common solution of the Eq. (2) including six constants, and to
subdue it to the boundary conditions. Equality to zero of the system determinant
expressing boundary conditions, leads to the frequency equation.

For the closed ring the boundary conditions are changed by periodicity con-
ditions which hold true, if to assume

U1 ¼ KSinKu; U2 ¼ CosKu ð3Þ

Placing (3) in (2), determine that the latter is satisfied identically if the fre-
quency x equals to

x ¼ xk ¼
K K2 � 1
� �

ffiffiffiffiffiffiffiffiffiffiffiffiffiffi

K2 þ 1
p

ffiffiffiffiffiffiffiffiffiffiffi

EI

m0R4

s

ð4Þ

where K is the whole number defining the number of waves being stacked along
the ring length 2pR (K = 1,2..N).

Depending on the parameter points R, the form of oscillations in the ring plane
changes. The zero frequency agrees with K ¼ 1, so as with K ¼ 1 the formula (4)
describes a ring movement as a rigid body. With K ¼ 2 the disk takes the form of
an ellipse, in this regard its natural frequency makes 703 Hz. With K ¼ 3 the disk
takes the form of a triangle and natural frequency makes 1,914 Hz.

This conclusion is verified by the exact solution of the system of the partial
differential equations (numerical simulations), the forms and frequencies of
oscillations are defined in the Unigraphics package based on the finite elements
method (Fig. 4).

It follows from the given that with certain structural parameters of MCD the
form of oscillations and natural frequency are defined by the parameter R.

Fig. 3 Structural model for
determination of ring
oscillations. In this regard for
U2 it results in a ordinary
differential equation
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To estimate consistency of assumptions accepted at determining natural
oscillation frequencies of MCD as well as the conclusion about exciting high-
frequency range by the torque converter it is necessary to carry out experimental
investigations. To solve the first task the way based on the method of nonde-
structive control and a corresponding device for its implementation is offered.

In Fig. 5 the diagram of a test bed for determining the range of natural fre-
quencies of metal-ceramic disks for torque converters is depicted.

The test bed consists of a support 1, on which the ceramic–metal disk 2 under
test is suspended, the low-frequency signal generator 3, which output is connected
through the power amplifier 4 to the acoustic radiator 5 affecting the ceramic–
metal disk 2 under study, on which the accelerometer 6 is fixed, the output of the
accelerometer is connected via the analog–digital converter 7 to the personal
electronic computer 8 which output is connected to the control unit of the low-
frequency signals generator 3.

Fig. 4 Oscillation forms of the metal ceramic disk

Fig. 5 Diagram of a test bed for determining the range of natural frequencies of metal-ceramic
disks for torque converters
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The test bed operates in the following way. For defining a range of natural
frequencies on a fixed support 1 the MCD 2 under study with the accelerometer 6
fixed on it is established. When turning on the low-frequency signal oscillator 3, the
sinusoidal signal through the power amplifier 4 moves to the acoustic radiator 5.
Thus, an impact of an acoustic signal on the MCD 2 takes place. The analog signal
from the accelerometer 6 via the analog–digital converter 7 is transmitted to an input
of the personal computer 8 in a digital form. On a real time basis in terms of
realization of the algorithm of direct Fourier transformation the spectral density of
oscillations of MCD 2 is estimated, reaction parameters are determined, i.e. the
amplitude, the phase and oscillation frequency of MCD. The spectral density of
oscillation process is displayed. The values of natural frequencies of MCD are
determined by local maximum of spectral density of oscillation process of MCD.
The variation of frequency rate formed by the low-frequency signal oscillation 3 is
carried out in software according to the set steps.

The suggested test bed structure allows experimentally for defining a range of
natural frequencies of MCD with high precision, including batches of disks,
defusing a subjective factor, increasing performance, reducing labor input of
measurements by spectrum measurement automation, subsequent procession of the
results, analysis and data storage.

During theoretical research MCD was considered as a homogeneous ring of a
rectangular cross section. To check adequacy of the assumptions experimental
determination of natural frequencies and investigation of an impact of availability
of a metal-ceramic plate, an adhesive layer and a gear rim for the values of MCD
natural frequencies was carried out. During the experimental investigation sound
wave radiation of the metal disk without a gear rim (MD), of the metal disk with a
gear rim (MZ) and of the MCD was carried out. The undertaken research has
established close agreement of estimated and experimental values of MCD natural
frequencies which is testified by Fig. 6.

Comparing the results of research of MD, MZ and MCD allow for drawing a
conclusion about insignificant deviation of values of MCD natural frequencies

Fig. 6 Spectrum density of
disk vibration acceleration:
1–MCD; 2–metal basis of
MCD; 3–ideal metal ring;
4–estimated frequencies
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from the estimated. But within all the range of exciting frequencies oscillation
amplitude of disks differ considerably, in this regard at frequency of 700–750 Hz
of oscillation amplitudes of MCD and MZ are equal to 1.1 g, and MD is equal to
1.8 g. Availability of a gear rim and of ceramic–metal plates on the friction disk
reduces the value of oscillation amplitude.

The result adequacy estimation of theoretical and experimental researches is
made by comparison of a range of natural frequencies (Fig. 6) of the steel ring
(Line Chart 1), rings with a gear rim (Line Chart 2) and MCD (Line Chart 3). The
availability of the gear rim influences the value of natural frequencies insignifi-
cantly. Metal-ceramic frictional plates does not influence frequency spectrum
though increase dissipative properties of the elastic system reducing oscillation
amplitudes from 1.8 to 1.1 g at resonant frequency (703 Hz). Oscillation forms
(the number of nodes) also correspond to the estimated.

The consistency of determining a range of high-frequency disturbance formed
by the torque converter is executed while studying two torque converters of a
various design and dimension sizes but with identical number of blades of the
wheels (GTK XV-380 and GTR-140) at the test bed of the brake type used for
determination of torque converter converting properties. The actuation of the
torque converter impeller was carried out from a suspended change-speed motor.
Turbine load was created by a Schenk Ltd electro-dynamic brake assembly. The
pressure of the hydraulic liquid in the torque converter, its feed was created by the
hydraulic system of the test bed. The supply and removal of hydraulic liquid was
carried out between the reactor and the pump, herewith the channels were placed
from each other at the angle of 90�. In the course of tests the following parameters
were registered: torsion torque at the input and output, pressure of hydraulic liquid
and its ripple frequency at the input in the torque converter, rotation frequency of
pump and turbine impellers, as well as the level of vibration acceleration of torque
converter casing. Parameter registration and processing was carried out by the
L-CARD modular-type station of data accumulation using the Power Graph
Professional 3.3.8 software package. The spectral analysis of the process of
changing the momentum at the input and the pressure of hydraulic liquid showed
(Fig. 7) that real dynamic processes of turbine disturbance formation are much
more complicated than assumed estimates.

Fig. 7 Spectrum analysis of
the process of changing the
momentum at the input and
pressure of hydraulic liquid
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The disturbance frequency of the turbine momentum corresponds to the esti-
mated, i.e. x = 0,5ktkpDn. At the same time, the process of hydraulic liquid
oscillation at the input in the torque converter formed by the feeding pump closely
agrees with the oscillation frequency of the turbine momentum which also
increases probability of resonance occurrence.

Agreement between the results of theoretical and experimental researches
allows forecasting a possibility of occurrence of resonant modes of operation of
MCD of the HMT frictional elements, it is essential to specify a technique of
design calculation, as well as to solve a return problem about exclusion of resonant
modes. Possibility of varying the values of MCD natural frequencies is determined
on the basis of the analysis of the equation (4). Physical and mechanical properties
of these materials for MCD are stable, and the change of geometrical parameters is
limited by the conditions of frictional elements configuration in HMT case. An
effective way of changing natural frequency is to change the number of waves
stacked along the length of a disk, i.e. K parameter determining a form of oscil-
lations. To change resonant frequency radial cuts are made on the disk.

In this regard the range of natural frequencies essentially changes: with two
pairs of cuts the frequency (703 Hz) ceases to be dominating as the amplitude of
spectral density decreases by 60 %. The maximum value of the amplitude moves
towards lower values of frequencies. Similar process is observed with six pairs of
cuts. The sizes of cuts are chosen due to the condition of strength retention of
MCD with centrifugal effect in operation. Besides, the disk should not lose stiff-
ness stability when wave propagation velocity along the disk becomes equal to
rotation velocity. Some oscillation damping can be reached by creating the cone-
shaped or corrugated form of the steel disks running together with MCD.

Due to the fact that the main reason for MCD breakdown in the conditions of
transport vehicle operation is agreement between disk natural frequency and the
frequency agitated by the torque converter, the required useful life is provided by
the way of changing MCD natural frequency and of decreasing oscillation
amplitude agitated by hydrodynamic processes in the inter-blade space of the TC
and of pressure pulsation in its feeding system. Exclusion of the resonance can be
also obtained by correction of the program for TC blocking control, by dynamic
damping (antiphase) MCD oscillations or by synthesis of turbine oscillation
damper. Removal of resonant modes out of the limits of an operating range is
obtained by correcting the spectrum of MCD natural frequencies or by structural
changes, i.e. by creating a special form of steel disks along with introduction of
technological measures on decreasing load concentration at the foot of the tooth.
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A Study on Pitching Characteristics
of the Passenger Car in Braking Process

Xuanfeng Wang, Guang Shi, Lingge Jin, Guozeng Ying
and Hongwei Yang

Abstract The passenger car will take on a strong pitching movement in the
process of emergent braking, which makes a great impact on the ride comfort. The
paper aims at resolving the practical problems of vehicle pitching. First, the var-
iation characteristics of swing arm instant center of the front and rear suspensions
are analyzed, and the suspensions adapted in the passenger car are under the
combined effect of braking force and vertical force. Secondly, the calculation
model of pitching characteristics and braking deceleration is established. Thirdly,
test data of suspension K&C characteristic are analyzed so as to get the vertical
and longitudinal displacement variation characteristics of the wheel center. Based
on the calculation model of pitching characteristics and the tests of brake pitching
characteristic, two conclusions are obtained. One is putting forward two evaluation
indexes of vehicle pitching characteristics, the relationships of pitch angle versus
braking deceleration and changing rate of longitudinal deceleration versus braking
deceleration are used to comprehensively evaluate the pitching characteristics of
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vehicle; the other is taking advantage of four process parameters to control the
pitching characteristics of vehicle in braking process, and the four parameters are
respectively. The anti-dive control of front and rear suspensions, the variation of
vehicle wheelbase, the displacement of the centre of gravity in vertical direction.
According to the aforementioned study results, the ideal brake pitching charac-
teristics can be reached through rationally matching the longitudinal inclination
balance characteristics of front and rear suspensions.

Keywords Brake pitching characteristics � Swing arm instant center � Kinematics
& compliance � Changing rate of longitudinal deceleration � Anti-dive control

1 Introduction

Due to the inertia force and the braking force, mass transfer of the passenger car in
the braking process leads to dynamic increase in the front axle load and decrease in
the rear axle load, synchronously, the vehicle presents vertical and pitching
vibrations. As a result, the car body inclines observably in the longitudinal plane,
the phenomenon of brake dive appears and the ride comfort goes down consum-
edly. The pitch degree is not only related to vibration characteristics, deceleration,
braking force distribution ratios and moment of inertia, but also be affected by the
forms of suspensions. In case the pitch angle of the car comes to be inordinate, the
passenger will get a strong feeling of forward moving. At the instant the car stops,
the passenger is compelled to receive a momentary bounce against the seat, and the
uncomfortable pitch feel always results in consumers’ complaints. The paper aims
at resolving the aforementioned practical problems, making a theoretical analysis
of the influencing factors for pitching characteristics during braking, and putting
forward effective plans to ameliorate this kind of technical problem.

Earlier research reports on braking pitching characteristics can be seen in Sharp [1]
and Reimpell et al. [2]. Sharp analyzed the impacts of suspension spring stiff-
ness,damp coefficient and tire spring stiffness on the deformation of vehicle suspen-
sion, established the semi-vehicle pitch plane calculation model to identify the pitch
angle of the vehicle, but characteristics analysis of suspension swing arm instant
center was not described. Reimpell, Stoll, Betzler made a study on the swing arm
instant center characteristics of double wishbone suspensions and longitudinal trailing
arm suspension, furthermore, they pointed out that the swing arm instant center of the
front suspension should be designed behind the wheel center, while the swing arm
instant center of the rear suspension in front of the wheel center. In this way, the
reaction of vertical force that acting on swing arm instant center of car body will
reduce the pitch angle, which simultaneously improves the ability of withstanding
brake dive. Moreover, Reimpell took the nonlinear suspension stiffness into account in
the analysis of pitch angle, so as to keep the calculation model closer to actual working
conditions, however, only steady-state characteristics of brake pitch angle and
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variation of centre of gravity were calculated. Subjective evaluation tests of brake
pitching show that when vehicles brake quickly to stop, which means that the vehicle
speed is close to zero, the rebound and jerk characteristics of vehicle body seriously
affect the comfort of the passengers, and the transient variability characteristics of the
brake pitching must be analyzed so as to make a study on the before-mentioned
aspects. Manfred Mitschke, Henning Wallentowitz [3] made a careful analysis of
brake pitch in detail. They not only took account of the characteristics of swing arm
instant center of suspension, suspension spring stiffness, damp coefficient, tire spring
stiffness and the pitch inertia, but also calculated the transient variation characteristics
and steady-state asymptotic values of the above-mentioned factors in the braking
process, and gave the appropriate range of values which are the ratio of pitch angles
and brake decelerations. We have conducted a large number of kinematics &
compliance characteristic curves of the suspension longitudinal flexibility tests, and
the results showed that the brake reaction support angle of suspension decreases as the
braking force increases, especially for the rear suspension, which changes more
dramatically. Consequently, the calculation model of vehicle pitching characteristics
adapted the characteristic curves of suspension swing arm instant center measured by
the K&C tests. In addition, the brake pedal feel is suggested to be researched and
evaluated together with the pitching characteristics in the braking process, for that they
both consider the action of brake pedal-motivating device as an input. During braking,
the driver synchronously perceived five subjective evaluations, namely pedal force,
pedal travel, pitch angle of vehicle body, longitudinal deceleration and changing rate
of longitudinal deceleration.

Based on the careful study of pitch and stabilization characteristics in the
braking process, a calculation model of some passenger car is built. It takes the
longitudinal and vertical displacements and pitching actions into account, and
considers the kinematics & compliance characteristic curves of the suspension as
an input. After an integrated consideration of road tests for pitching characteristics
and brake pedal feel, evaluation methods are proposed to do research in vehicle
pitching. First, pitch angle versus deceleration and changing rate of longitudinal
deceleration versus deceleration are came up with to evaluate the pitching char-
acteristics. Second, anti-dive controls of front and rear suspensions, variation of
vehicle wheelbase and vertical displacement of centre of gravity are adopted to
control the pitching characteristics of vehicle in the braking process.

2 Characteristics Analysis of Suspension Swing Arm
Instant Center During Braking

This car to be studied in the paper adapts double wishbone independent suspen-
sions in the front suspension, and a five-link independent suspension is used in the
rear suspension, as shown in Figs. 1 and 2. Analysis of swing arm instant center
characteristics for the two types of suspension is respectively carried out in the
following sections.
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2.1 Swing Arm Instant Center of Double Wishbone
Independent Suspensions

According to the side view of the double wishbone independent suspensions, point C is
the spherical joint of the upper control arm and the steering knuckle, which moves up
and down along the oscillation axis AB of the upper control arm. As a result, the
longitudinal instantaneous rotation center of point C should be located at a straight line
which passes through point C and parallels line AB. Similarly, for the point F which is
the spherical joint of lower control arm, the longitudinal instantaneous rotation center
should be located at a straight line which passes through point F and parallels line
DE. Of is the intersection of these two straight lines which is also defined the swing arm
instant center of the double wishbone suspensions. Point G, the tire contact point,
instantaneously rotates around point Of, consequently, the position of swing arm
instant center Of alters along with the changes of braking force and vertical force that
suspension and tires withstand [4].

Analysis of Fig. 1 reveals that both of the braking force FXOf and the vertical
force FZOf act on point Of. FXOf is the force that car body withstands and FZOf is the
force resisting brake dive. Point G suffers the ground supporting force FZf, the
ground braking force FBf, the spring and damping force FVf. From inspection of
Fig. 1, the mechanical equation of the double wishbone suspensions can be got and
described as Eq. (1).
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Fig. 1 Mechanics
characteristics analysis of
swing arm instant center of
double wishbone independent
suspensions

FZr
FBr

FZOr
FBur

rdynhO
r

LOr

or

FVr

Z

X

CsrKsr

Ktr

m1r

A
B C

F
E

D

G

FXOr

(a) (b)

Fig. 2 Mechanics characteristics analysis of swing arm instant center of the five-link
independent suspension
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FBuf � FXOf � FBf ¼ 0

FBuf rdyn � FXOf hOf � FZOf LOf ¼ 0

FBuf ¼ �m1f €X

FZf � muf g� FZOf � FVf ¼ 0

8

>

>

>

<

>

>

>

:

ð1Þ

2.2 Swing Arm Instant Center of the Five-Link Independent
Suspension

The rear suspension of the passenger car adopts the five-link independent sus-
pension, as shown in Fig. 2a and b, so as to ensure the comfort and handling
stability of the vehicle. Referring to the mechanics analysis of swing arm instant
center of the double wishbone independent suspensions, the five-link independent
suspension is presented as Eq. (2).

FBur � FXOr � FBr ¼ 0

FBurrdyn � FXOrhOr þ FZOrLOr ¼ 0

FBur ¼ �m1r €X

FZr � m1rg� FZOr � FVr ¼ 0

8

>

>

>

<

>

>

>

:

ð2Þ

3 Analysis of Vehicle Pitching Characteristics
During Braking

In the establishment of calculation model of vehicle pitching characteristics, the
following assumptions are advanced: the vehicle is symmetrical; the vertical
section of the road that left and right wheels of the car running on are the same; the
elastic vibration of the frame and the vibration of the engine transmission are left
out of account; the vibration of the wheel is ignored; air resistance and tire damp
are overlooked and the tire stiffness was considered into the suspension spring
stiffness; the car body was assumed to be rigid [5].

The calculation model of vehicle pitching characteristics during braking has
three degrees of freedom: the displacement X of the vehicle in the driving direc-
tion, the displacement Z of the centre of gravity in the vertical direction and the
pitch angle u around the centre of gravity [6, 7]. The dynamics analysis can be
seen in Fig. 3.

Dynamic equations of the sprung mass:

�m2€Z þ FZOf þ FZOr þ ðFVf � FVf 0Þ þ ðFVr � FVr0Þ ¼ 0

m2 €X þ FXOf þ FXOr ¼ 0

�Jy €uþ ðFVr � FVr0ÞLr � ðFVf � FVf 0ÞLf � FXOf ðh� hOf Þ

�FZOf ðLf � LOf Þ þ FZOrðLr � LOrÞ � FXOrðh� hOrÞ ¼ 0

Zf ¼ Z � Lf u ; Zr ¼ Z þ Lru

8

>

>

>

>

>

>

>

<

>

>

>

>

>

>

>

:

ð3Þ
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Longitudinal dynamics equation of the vehicle:

ðm2 þ m1f þ m1rÞ€X ¼ FBf þ FBr

FBf ¼ bðm2 þ m1f þ m1rÞ€X

FZf ¼ FZf 0 þ
hðm2 þ m1f þ m1rÞ€X

L

FZr ¼ FZr0 �
hðm2 þ m1f þ m1rÞ€X

L

8

>

>

>

>

>

>

>

<

>

>

>

>

>

>

>

:

ð4Þ

Spring and damping forces of the front and the rear suspensions:

FVf ¼ FVf 0 � KSf Ktf

KSfþKtf
Zf � CSf _Zf

FVr ¼ FVr0 � KSrKtr
KSrþKtr

Zr � CSr _Zr

(

ð5Þ

According to Eqs. (1)–(6) is obtained as follows:

m2€Z þ ðCSf þ CSrÞ _Z þ ðkf þ krÞZ � ðCSf Lf � CSrLrÞ _u� ðkf Lf � krLrÞu

¼ €X½m1f ðhOf � rdynÞ
LOf

þ m1rðrdyn � hOrÞ
LOr

þ ðm1f þ m1r þ m2Þðb
hOf

LOf
� ð1� bÞ hOr

LOr
Þ�

Jy €uþ ðCSf L
2
f þ CSrL

2
r Þ _uþ ðkf L

2
f þ krL

2
r Þu� ðCSf Lf � CSrLrÞ _Z

� ðkf Lf � krLrÞZ ¼ €Xfðm1f þ m1rÞðh� rdynÞ

� m1f ðhOf � rdynÞLf

LOf
� m1rðhOr � rdynÞLr

LOr
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� ð1� bÞ hOrLr
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By selecting p, q, r, s as the system state variables and Eq. (6) can be changed
into a vector–matrix representation:

_p
_q
_r
_s

2

6

6

4

3

7

7

5

¼

0 1 0 0
� kfþkr

m2
� CSfþCSr

m2

kf Lf�krLr

m2

CSf Lf�CSrLr

m2

0 0 0 1
kf Lf�krLr

Jy

CSf Lf�CSrLr

Jy
� kf L2

fþkrL2
r

Jy
� CSf L2

fþCSrL2
r

Jy

2

6

6

4

3

7

7

5

p
q
r
s

2

6

6

4

3

7

7

5

þ

0
C1
m2

0
C2
Jy

2

6

6

4

3

7

7

5

ð7Þ

Where:

Kf ¼
KSf Ktf

KSf þ Ktf
; Kr ¼

KSrKtr

KSr þ Ktr

C1¼ €X
m1f ðhOf � rdynÞ

LOf
þm1rðrdyn�hOrÞ

LOr
þðm1f þm1rþm2Þðb

hOf

LOf
�ð1�bÞhOr

LOr
Þ

� �

C2 ¼ €X ðm1f þ m1rÞðh� rdynÞ �
m1f ðhOf � rdynÞLf

LOf
� m1rðhOr � rdynÞLr

LOr

�

þðm1f þ m1r þ m2Þ h� b
hOf Lf

LOf
� ð1� bÞ hOrLr

LOr

� ��

After solving the differential Eq. (7), the displacement Z of the centre of gravity
in the vertical direction and the pitch angle u around the centre of gravity will be
obtained.

4 Results and Discussion

In the process of braking, the positions of swing arm instant center of the front and
rear suspensions change with the increase of the braking force. At the same time,
mass transfer occurs, the front axle load dynamically grows and the rear axle load
dynamically lessens. Since the elastic curves of the front and rear suspensions are
non-linear, the suspension stiffness shows a real-time variation along with the
dynamic axle load during braking. This paper makes use of the K & C test rig of
British ABD Corporation to measure the parameters of front and rear suspension
stiffness, tire stiffness, swing arm instant center of suspension etc.

4.1 Measurement of Suspension K&C Characteristics Parameters

Figure 4 depicts the parameters of front and rear spring stiffness, tire stiffness and
suspension stiffness measured by K&C test rig. Inspection of Fig. 4 reveals that
the suspension stiffness is basically linear in a small load region. However, the
suspension stiffness increases rapidly when the load comes to certain limits.
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The initial value of the swing arm instant center of the front and rear suspen-
sions in Figs. 1 and 2 can be identified through the method of graphing. Eqs. (8)
and (9) indicate how to calculate the brake reaction support angle ef, er of front and
rear suspensions shown in Fig. 5. Figure 5 also gives the metrical results of anti-
brake reaction support angles that got from K&C test rig, of which the front and
rear suspension are under different longitudinal forces.

Front suspension : tan ef ¼ hof =Lof ð8Þ

Rear suspension : tan er ¼ hor=Lor ð9Þ

4.2 Evaluation Indexes of the Brake Pitching Characteristics

For the reason that driver and passenger mainly apperceives the changes of vehicle
characteristic in the braking process, such as brake pitch angle, braking
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deceleration and longitudinal braking deceleration rate, therefore, two evaluation
indexes of braking pitching characteristics in whole vehicle class are proposed [8]:

1. Pitch angle u at different braking decelerations €X, as shown in Fig. 6. It mainly
reflects the steady pitching characteristics of vehicle in successive braking;

2. The peak value of longitudinal braking deceleration rate d€X=dt at different
braking decelerations, as shown in Fig. 7. It mainly reflects the transient
braking pitching characteristics of the rebound at the end of the braking
process.

During braking, the variations of suspension characteristics and displacement
characteristics of the centre of gravity in vertical direction are lesser, and the
human can’t feel it insensitively, but the changes have a relatively great impact on
vehicle pitching. Therefore, four process-control parameters are proposed to
analyze the changing trend of brake pitching characteristics:
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1. The anti-dive control of front suspension, Kef

2. The anti-dive control of rear suspension, Ker

3. The variation of vehicle wheelbase, DL
4. The displacement of the centre of gravity in vertical direction Z.

The anti-dive controls of front and rear suspensions reflect the impact of forces
that swing arm instant center withstands on the braking pitch angle of the vehicle.
Kef stands for the ability to counteract the decline of head and Ker stands for the
ability to counteract the elevation of after body [2].

The formulas are as follows:
The anti-dive control of front suspension, Kef :

Kef ¼
FVf � FVf 0

FZf � FZf 0
ð10Þ

The anti-dive control of front suspension, Ker

Ker ¼
FVr � FVr0

FZr � FZr0
ð11Þ

The variation of vehicle wheelbase DL focuses on reflecting the longitudinal
withdrawing capability of suspensions and the vertical bounce withdrawing
capability of wheels when brakes are applied. The displacement of centre of
gravity in vertical direction Z reflects the variation of vehicle elastic potential
energy. If the two numerical values were big, it indicates that more elastic
potential energy is absorbed by the vehicle suspension during braking; and the
rotational kinetic energy of vehicle pitching actions was inevitably small, as a
result passengers get a better feel of brake pitching.

4.3 Test Methods of Brake Pitching Characteristics

In the test of vehicle brake pitching, the facility of VBOX3i manufactured in
British Racelogic Company is used to measure vehicle speed, meanwhile, the
brake decelerations in X and Z directions are manufactured by their triaxial inertial
sensor of RLVBIMU01. Four non-contact laser height sensor manufactured in
German CORRSYS DATRON are utilized to measure the vehicle pitch angles
indirectly during braking. Brake pedal robot product by ABD Company of UK is
used to measure brake pedal force and brake pedal travel, and all the test data are
uniformly gathered by applying the VBOX3i host computer at a data acquisition
sampling frequency of 100 Hz. The installation of equipments for brake pitching
test is shown in Fig. 8.

The initial braking speed is set to be 100 km/h in the vehicle brake pitching test.
The vehicle is first accelerated to a speed of 105 ± 1 km/h, and then the accel-
erator pedal is released without changing the gear, keeping the vehicle sliding. At
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the same time, start the data acquisition system to record test data of each channel,
and trigger the control button of the brake robot when the vehicle speed decreases
to the provisions initial velocity, make the pedal-motivating device to step on the
brake pedal at a constant speed (finish the pedal trampling process within 0.2 s)
until the vehicle reaches the braking deceleration of 0.2 ± 0.05 g. Then adjust the
stroke rate of the pedal-motivating device of the brake robot, so as to make the
braking deceleration reach 0.3–0.9 g in turn each time at the same initial braking
speed. During the test, the values of brake time, speed, brake pedal force and brake
pedal travel, braking deceleration, pitch angle of the vehicle, acceleration of
vehicle in the Z direction should be recorded simultaneously.

4.4 Analysis of Brake Pitching Characteristics

4.4.1 Analysis of Calculation Results and Experimental Results

Inspection of Figs. 4, 5 and 6 reveals that the parameters of suspension rate, brake
reaction support angle and braking deceleration show a real-time variation along
with the braking force during braking. These before-mentioned time-varying
variables are substituted into Eq. (7) and it comes to be a time-varying system.
Under such a condition, the pitch angle u around the centre of gravity and the
vertical displacement Z of centre of gravity will be calculated in this time-varying
state. Suspension rate and brake reaction support angle are treated as fixed values
in literature [3], in other words, the Eq. (7) is regarded as a constant system in this
state and simulative calculations of pitching characteristics are carried out.
Besides, the pitch angle of the vehicle is measured according to test methods of
brake pitching characteristics mentioned above, and the calculation results and test
results are shown in Figs. 9 and 10. Owing to the consideration of time-varying
variables of suspension stiffness and brake reaction support angle, the calculation
model of vehicle pitch angle is more in line with the actual braking condition.
Figure 9 also shows that the calculated results are closer to the measured values.

(a) Data acquisition and processing system (b) Brake pedal robot

Fig. 8 The installation of brake pitching test
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Duo to the under damp characteristics of shock absorber, the curves of pitch
angle and vertical displacement present peaks at the beginning of the braking
action. As the damp coefficients of front and rear shock absorbers are relatively
large, analysis of Figs. 9 and 10 reveals that the oscillation period of the above two
curves are relatively short and then they quickly converge into steady-state region.
In addition, the position of centre of gravity goes down during braking which
indicates that the suspensions accumulate elastic potential energy and the rotatable
kinetic energy of pitching weakens, yet the amplitude of the displacement of the
centre of gravity is so small that the driver could hardly feel any change.

4.4.2 Calculation Results Analysis of Front and Rear Suspensions
at Different Stiffness Ratio

Originally, the rate ratio of front suspension to rear suspension is 1:1. After
subjective evaluation test, the drivers point out that the brake pitching character-
istics is not well and the pitch angle is relatively large. The stiffness ratio of front
suspension to rear suspension is adjusted to 1:1.14 afterwards which increases the
stiffness of the rear suspension, and the subjective evaluation test reflects that
the brake pitching characteristics turn to be better. The calculation model of
vehicle pitching characteristics is used to calculate the two different ratios
of suspension stiffness, and the results are shown in Fig. 11. The adjustment of
suspension stiffness ratio increases the vertical displacement of centre of gravity
and the elastic potential energy of the suspension system during braking, and
reduces the rotatable kinetic energy and the pitch angle. The calculation results
shown in Fig. 11 are consistent with the subjective feelings of the evaluation staff.

4.4.3 Analysis of Suspension Anti-Dive Control Versus Brake Rate

The anti-dive controls of front and rear suspension are calculated according to
Eqs. (10) and (11), as shown in Fig. 12. The brake anti-dive control of front and
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rear suspensions gradually decreases with the increase in brake rate z, but the
amplitude of the rear suspension reduces relatively larger. This phenomenon
indicates that the ability to counteract the decline of head and the ability to
counteract the elevation of after body weakens. The brake pitch angle of vehicle
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grows fast with the increases of brake rate, but the effect is not very obvious, as the
curves of brake anti-dive controls of front and rear suspensions become gentle
when the brake rate exceeds 0.3.

4.4.4 Analysis of Vehicle Wheelbase Variation Versus Braking Rate

The front and rear suspensions bear both the longitudinal braking force and the
dynamic vertical forces during braking, and the wheelbase of vehicle significantly
shortens under the combined effects of longitudinal braking force and vertical
force. The following content is the analysis of this problem.

The variation of vehicle wheelbase DL focuses on reflecting the longitudinal
withdrawing capability of suspensions in the process of braking and the vertical
bounce withdrawing capability of wheels caused by vertical load changes. Under
the action of longitudinal braking force, both of the front and rear wheel centers
have a backward longitudinal displacement due to the vertical withdrawing
capability of front and rear suspensions. The braking force of front axle is 85 %
larger than that of the rear axle, therefore, the backward longitudinal displacement
of the front axle wheel center is relatively larger, and the wheelbase of vehicle
shortens due to the difference in front and rear longitudinal braking forces.

The mass transfer during braking leads to the vertical bounce withdrawing
capability of front and rear suspensions. In terms of this car to be studied in the paper,
the wheel center of the front suspension moves backward under compression, and
that of the rear suspension moves forward as the rear suspension stretches. The
relative movement of front and rear wheel centers shortens the wheelbase of the car.
K and C experiments are carried out respectively on the original suspension design
plan (the stiffness ratio of front suspension to rear suspension is 1:1) and the
improved design plan (the stiffness ratio of front suspension to rear suspension is
1:1.14). Based on comprehensive consideration of the longitudinal withdrawing
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capability and the vertical bounce withdrawing capability of front and rear
suspensions, the variations of wheelbase in the two design plans under different
brake rate are calculated, as shown in Fig. 13. When the brake rate z is less than
0.8 g, the variation of wheelbase of the original test vehicle is smaller than that of the
improved one. In this way, the rotatable kinetic energy of pitching absorbed by the
suspension are reduced and the pitch angle of vehicle is inevitably enlarged, as
shown in Fig. 11a. Meanwhile, the passengers’ subjective evaluations of brake
pitching feel get worse.

4.5 Comprehensive Evaluation of Brake Pitching Characteristics
and Brake Pedal Feel Characteristics by Four-Quadrant
Diagram

The above analysis focuses on the brake pitching feel of the passengers during
braking, and three subjective variables of pitch angle, longitudinal deceleration
and changing rate of longitudinal deceleration are the main objects to be evaluated.
In the process of depressing brake pedal, the brake pedal force and pedal travel are
also be perceived except the three subjective feels above. For the sports car which
put emphasis on driving characteristics, the subjective evaluation of the driver is
mainly concerned. In this case, a four-quadrant graphic shown in Fig. 14 is used to
evaluate the brake pitching characteristics and the brake pedal feel characteristics.
The right half-plane, expresses the brake pedal feel characteristics, the left half-
plane expresses the brake pitching characteristics, and the upper half-plane
expresses the two most important indexes of brake feel characteristics: brake pedal
force and pitch angle of vehicle at different decelerations.

If the target vehicle aspires after comfort, braking feel should focus on the
indexes shown in the second and third quadrants of Fig. 14, that is the response
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characteristics of the passengers to the brake pitching characteristics; if the market
positioning of the car aspires after sport sector, as described in this paper, braking
feel should adopt the following indexes shown in the four-quadrant graphic, as the
driver not only apperceive the brake pitching characteristics but also the brake
pedal characteristics.

5 Conclusion

The vehicle will take on a sharp pitching movement in the hurry-up stop, and this
may badly impact on ride comfort. The paper takes into consideration of the real-
time changes of suspension stiffness, brake reaction support angle and deceleration
in the actual process of braking, and constructs a 3-DOF calculation model. Based
on the foregoing preparation, a study is carried out to analyze the dynamic changes
of pitch angle and the vertical displacement of the centre of gravity. Research
results indicate that this time-varying calculation model is more in line with the
values measured in the test. According to the vehicle characteristics that passenger
could feel in the braking process, two evaluation indexes are put up with to
evaluate the pitching characteristics. They are the peak values of pitch angle rate
and braking deceleration rate. Besides, the achievements of the paper point out that
the pitch movement could be mild once the suspension systems absorb more
elastic potential energy during braking. In other words, the rotatable kinetic energy
of pitching would be less when changes in the wheelbase and the vertical
displacement get bigger. For sports car which concentrates on driving character-
istic, the drivers not only endure the pitch angle change and the changing rate of
longitudinal deceleration, but also feel the brake pedal force and brake pedal
travel. Therefore, a four-quadrant graphic is used to evaluate the characteristics of
brake pitching and brake pedal feel.
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Fig. 14 The four-quadrant
graphic of brake feel

520 X. Wang et al.



Appendix

Notation

Csf Damp coefficient of front shock absorber
Csr Damp coefficient of rear shock absorber
Ksf Spring stiffness of front suspension (N/m)
Ksr Spring stiffness of rear suspension (N/m)
Ktf Stiffness of front tire (N/m)
Ktr Stiffness of rear tire (N/m)
FBuf Braking force acting on centre of under spring mass of front axle (N)
FBur Braking force acting on centre of under spring mass of rear axle (N)
FXof Braking force that car body suffers acting on swing arm instant center of

front suspension (N)
FXor Braking force that car body suffers acting on swing arm instant center of

rear suspension (N)
FZof The force resisting brake dive that car body suffers acting on swing arm

instant center of front suspension (N)
FZor The force resisting brake dive that car body suffers acting on swing arm

instant center of rear suspension (N)
FBf Braking force that acting on front tyre contact point (N)
FBr Braking force that acting on rear tyre contact point (N)
FZf The ground supporting force that acting on front tyre contact point (N)
FZf0 The static ground supporting force that acting on front tyre contact point

(N)
FZr The ground supporting force that acting on rear tyre contact point (N)
FZr0 The static ground supporting force that acting on rear tyre contact point (N)
FVf The spring and damping force of front suspension (N)
FVf0 The static spring and damping force of front suspension (N)
FVr The spring and damping force of rear suspension (N)
FVr0 The static spring and damping force of rear suspension (N)
rdyn Rolling radius (m)
h Height of centre of gravity (m)
hof Height of swing arm instant center of front suspension (m)
hor Height of swing arm instant center of rear suspension (m)
L Wheelbase between front axle and rear axle (m)
Lf Distance between front axle and centre of gravity (m)
Lr Distance between rear axle and centre of gravity (m)
Lof Distance between centre of gravity of front axle and swing arm instant

center of front suspension (m)
Lor Distance between centre of gravity of rear axle and swing arm instant

center of rear suspension (m)
m1 Under spring mass (kg)
m1f Under spring mass of front axle (kg)
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m1r Under spring mass of rear axle (kg)
m2 Sprung mass (kg)
Jy Rotational inertia (kg.m2)
Z The original displacement of the centre of gravity of the car (m)
Zf Vertical displacement of the centre of gravity of front sprung mass (m)
Zr Vertical displacement of the centre of gravity of Rear sprung mass (m)
u The pitch angle around the centre of gravity Slope angle (rad)
b Braking force distribution ratio
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Development of Cost Saing and Sloshing
Noise Reductive Baffles of Fuel Tant
Using Triz and Taguchi
Engineering Method

Kim YunSeok, Jeong ChiWeon, Lee MinSup and Yoo JaeGon

Abstract Since the movement of fuel by the force of inertia in tank always
generates crashes to the wall of tank inside or surface wave motion of fuel, noise
and vibration problems are easily observed under the condition of vehicle accel-
eration, deceleration or the stand still. In order to solve this problem, optimization
of tank form, addition of damping pad to the structure, and baffle plate to the tank
interior have been tried currently. This paper suggests a new concept development
of cost effective device and optimization of the design. We have applied Triz and
Taguchi method among Design For Six Sigma to approach this problem to achieve
noise and cost reduction at the same time. In addition to that, the steps for solving
this problem and the design guide of new concept including new sound quality
index will be suggested.

Keywords Sloshing noise � Baffle � Fuel tank � Loudness � Triz � Taguchi

1 Introduction

The sudden motion change of vehicle, such as the aggressive vehicle start from
stand still or the hard braking, generate the strong fuel sloshing noise, especially in
quiet condition as in enclosed parking lot. Since this disturbing noise from the fuel
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tank is easily audible to the customer in vehicle cabin, serious customer complain
can be happen frequently. In general, the fuel sloshing noise is categorized into
three types by the sound generating mechanism, fluid waving, or bursting sound,
bubbling sound and fluid impact sound. These noises are mainly caused by the
behaviour of entrapped air inside the tank and the structural characteristics of the
tank and also, the body structure of the vehicle is another influencing factor [1].
Currently well known solutions are as follows, the installation of a number of
baffles for preventing excessive movement of the fuel, design change of the tank
itself by giving an inclination to the front side for decreasing the impact pressure,
and inserting vibration absorbing pad between the tank and the vehicle body for
blocking the vibration transfer. Normally, analytical methods are adapted to predict
and verify the noise improvement of the target level [2]. But in spite of lowering the
level of noise, large portion of solutions tend to increase the cost. One of the main
reasons is that the evaluation of the sloshing noise depends on the subjective
evaluation at the last stage of the development which has a limit for the design
change and applies the countermeasure to add baffles in order to reduce the noise.
For that reason, it is requested that establishing the reasonable development process
including rig test steps and clear definition of sound quality index corresponding to
the real vehicle subjective evaluation results. Therefore, it is acutely required to
establish the cost reducing measure and the product development process including
noise index development and rig evaluation with the identical results of real vehicle
subjective evaluation from the manufacturing stage of fuel tank.

1.1 Device of Sloshing Noise Reduction

Figure 1 is the analytical simulation results that show the flowing impact at the
rear side of the tank by sloshing wave, and the concentration of pressure and
formation of air pocket (occurs the noise) on the upper side of tank’s curved
surface. And the baffles are installed to reduce the concentration of pressure.
Figure 2 shows the baffle installed to the fuel tank interior. The graph on the right
side of Fig. 1 is showing the acceleration of fuel and the vehicle speed profile
during 0.4 G mild braking conditions.

2 Concept Development

2.1 Definition of Requirements

(1) Customer requests: ‘‘Fuel sloshing noise should not be audible to the customer
in vehicle cabin’’

(2) Business requests: ‘‘Cost saving up to 20 %’’
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(3) Constraints

– Subjective evaluation rating of sloshing noise: 7 (0 * 10 scale)
– Prohibiting the change of layout, external and internal shape and relevant

parts

(4) Target

– Cost saving up to 20 %,—Subjective rating: 7,—Establishing the design
guide for baffle device and development process,—Setting up the rig test
process and sound quality index for the sloshing noise.

Fig. 1 Analytical simulation
model (upper right) and
graph (left)

Fig. 2 Configuration of
baffles installed
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2.2 Design Frame Analysis

The relation between the requirements function and the design parameter is as
shown in Eq. (1) and design matrix [A] is defined as Fig. 3. Based on the matrix in
Fig. 3, the design frame of the tank is in ‘‘decoupled state’’ while it still is an
acceptable design. But it requires the optimization of information and re-con-
struction of design parameters due to cost saving requirements [3].

fFRsg ¼ ½A�xf DPsg ð1Þ

2.3 Modelling of System Interaction Analysis

Figure 4 shows the system modelling of fuel tank based on the function flow
analysis. The states of functional interactions between the system components are
expressed with the lines. For example, if one function affects useful to one another it
is showed with black solid line and if it is harmful, red dotted line is appeared.
Interesting point of this modelling in Fig. 4, contradiction between fuel and tank is
observed because they can simultaneously have both useful and harmful effect each
other. In this modelling, function analysis, Su-Field of Triz [4] concept is applied
for improving the problem solving efficiency. Based on this modelling, it is easily
understood that the crashing noise and vibration between the fuels, tank surface, gas
(air) occurs due to inertia force. Figure 4 is a system model while the vehicle is in
motion, it displays the status without the noise reduction device (baffle).

2.4 Identification of Core Problem

(1) Fuel sloshing noise mechanism

The fuel fluid crashes to the front side and rear side of the tank wall by the inertia
force due to acceleration/deceleration of vehicle. After those impacts, the fuel
crashes to the top side of the wall by the mass force. Also, the surface wave motion
generated by the turbulence flowing at the fuel surface becomes the main source of

Fig. 3 [A] matrix of tank
design frame
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fluid crash noise. Figure 5 shows the crashing and the mechanism of surface wave
motion of fluid fuel.

(2) Operation event analysis

Operation event analysis is used for establishing the solution by analyzing the core
problem with respect to the time by analyzing the system operational status,
energy, manufacturing cost, generated problems and their effect to the other
functions. Table 1 shows the analysis matrix of this type.

(3) The definition of physical contradiction

The general physical contradiction [4] of the fuel fluid of vehicle in motion can be
expressed as ‘‘To operate the vehicle, fuel should exist in fuel tank but may be the
fuel should not exist, because of the vibration and noise while the vehicle is under
the accelerating, decelerating and stand still condition’’. Based on the concept
shown in Figs. 4, 5, Table 1, additional contradictions of the other properties are
expressed below.

Fig. 4 System modelling

Fig. 5 Fluid movement and surface wave motion
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– The fuel may either have or not have the inertia force.
– The fuel may either have or not have the volume (mass).
– The mass of fuel may be either fast or slow.

One of the ways to resolve the physical contradictions is to separate the con-
tradiction demands. And the principle of separation has 4 sub-methods, that are
‘Separation in Space/Time/Relation/System level’ [4], and it proposes ‘40
Inventive Principle’ [4]. The physical contradictory demands of fuel tank should
be separated by using the ‘Separation in Time’ method as it is required to occur at
different times. That is, ‘Inertia force of fuel should be exit’ is required while
driving time, ‘Inertia force of fuel should be not exist’ is required while acceler-
ating or decelerating or stopping the time. Using several principles among the ‘40
Inventive Principles’ could be suggested in order to analyze the physical contra-
diction by using the ‘Separation in Time.’ The solution is drawn by utilizing the
proposed inventive principles and science effect. Principles are as follows. Prin-
ciple 1: Segmentation, 3: Local quality, 4: Asymmetry, 7: Nested doll, 9: Pre-
liminary anti-action, 10: Preliminary action, 11: In-advance ‘‘cushioning’’, 15:
Dynamics, 31: Porous materials.

2.5 Definition of Solution

To find out the solution for this problem, the definition of X-element is required. In
this sloshing noise case, it is as follows. X-element is the solution for the physical
contradiction. X-elements should be defined within the boundary of the facts that it
should operate by itself, utilize the minimum resources, and should not have
additional adverse action. Also, it should be determined or verified, if the physical
contradictory that is mentioned can be solved.

X-1: tank removes the inertia force by itself,
X-2: controls the volume (mass) of fuel
X-3: restrains the inertia force of fuel,
X-4: controls the velocity (pressure) of the fuel
X-5: softens the fuel,X-6: absorbs the noise and vibration.

2.6 Building of Concept

Each members of the cross functional team composed for the establishment of the
concept have created the idea by utilizing the proposed inventive and scientific
principles, established the concept through the group brainstorming as shown in
Table 2, and selected 4 concepts as a final.
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2.7 Selection of Concept

As the solution for sloshing noise, the 4 concepts, (1) Bernoulli effect utilized
baffles, (2) rotational plate and space partition, (3) Bernoulli effect utilized cyclone
baffle (4) the coil type plastic (PA6) cylinder, are selected among the 10 concepts
that are designed by using the existing designs as datum through Pugh method [5].

Table 2 Story board of concept

X-
No

Concept deployment Remarks

X-1 Change the fluid motion of straight
(inertia force) to rotating flow
rotary motion

1. Round the tank shape Constraint
condition

2. Change the installation angle of the
tank

3. Install the plate that rotates the
fluid flow

X-2 Holds the volume and mass of the fuel 4. Install the small tank that holds the
fuel

5. Install the open foam-rubber made
of porous

Melting

X-3
X-4

Weaken the inertia force by using the
fluid speed, pressure, surface area
enhancement, and frictional force

6. Install the baffle with multiple
holes by piling up

Current

7. Install the 2-layer baffle applied
with different sized holes by
utilizing Bernoulli effect

Design

8. Install the Bernoulli effect utilized
cyclone baffle

9. Install the baffle cylinder
10. Install the coil type plastic (PA6)

cylinder
X-5 Soften the surface motion by giving

cushion in order to weaken the
noise.

11. Make foams to always stick
together by utilizing the magnet
in closed foam-rubber .

X-6 Weaken the wave by dividing the tank
wall.

12.Install the plate on the tank wall

Add Weaken the wave and rotary motion
by mixing the concept of
No 1–3 and 6.

13. Install the wave reduction plate to
the fluid flowing direction
controlling plate

Fig. 6 4 concept solutions
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2.8 The Verification of Solution Concepts

These 4 concept solutions are produced as trial samples as they are shown in
Fig. 6. Radiated noise on the rig was measured and compared with the current
tank. By combining the measured data with the subjective evaluation results,
Bernoulli effect utilized baffles was selected at last, because this solution has the
same level of noise with the existing design.

3 Experimental

3.1 Rig Tests

(1) Test method

The test is performed under the rapid acceleration, deceleration mode from the rig
test as a standard, while having a correlationship with the acceleration, decelera-
tion vehicle test which realizes the sloshing noise from the vehicle.

Table 3 Rig test condition

Condition Value

Quantity of fuel 1/2, 3/4, 7/8, full
Stage travel length 6 m
Acceleration 0.2 G/0.4 G/0.6 G
Max. speed 2 m/s
Accelerometer Type ICP

Sensitivity 100 mV/g
Microphone Freq. range 3.15 Hz * 40 kHz

Max. level 171 dB
Positions 100 mm away from tank

(front and rear)

Fig. 7 Sensor installed to the
fuel tank
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Table 3 shows the position of installation including the rig test condition and
the sensor. Figure 7 shows the equipments and the location of sensor installed to
the fuel tank during the rig test.

(2) Judgement criterion

Loudness (unit: sone) [6] among the psychoacoustic indexes is used for repre-
senting the acoustical characteristics of sloshing noise, because this sound quality
index corresponds the most with the subjective evaluation. Figure 8 shows the 3-D
color map graph of loudness and the 2-D levels of loudness with respect to the
time. The fluid flowing sound is defined as the sound pressure level of impact from
the 1st, 2nd, 3rd, 4th peaks at 0 * 1 s and as the sound energy of flow from the
1st, 2nd, 3rd, 4th peaks at 1 * 2.25s. The criterion for defining the impact sound
and the flowing sound was set based on the engineering experiences and analysis
of rig/vehicle test expert, NVH engineer, and fuel tank designer.

(3) Design of experiment

We have optimized the information of design parameters by using the experi-
mental design of

Taguchi robust engineering. The type of response has selected the Loud-
ness(=y) by ‘Smaller-the Better type’ [7] Eq. (2) shows the formula for Signal-to
Noise ratio.

S=N = gdB ¼ 10 log
1

MSD
¼ 10 log

1
1
n
Pn

i¼1 y2
i

ð2Þ

Fig. 8 Sloshing noise measurements (left) and sound quality index graph (right)

No Control Factor 1-Level 2-Level 3-Level

A
B
C
D

Height of Reservior
Position of baffle
Hole area of  baffle
Width of  baffle

5%
Front
100%
70mm

10%
Center
80%

90mm

20%
Rear
60%

110mm

Fig. 9 Control factors and baffles
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(4) Establishing control factors and levels

Through pressure and velocity of Bernoulli effect, 2 of the baffle hole sizes were
selected and the set value of the control factors, levels including the location of
baffle, distance are set as an engineering guide, enabling the other models to utilize
Fig. 9.

(5) Develop noise strategy

Noise factors are the variables that affect system function, and are either uncon-
trollable or too expensive to control. For example, these are the system interface,
environment conditions, usage and operating environment, aging, wear, and etc.
The fuel amount (1/2, 3/4, 7/8, full), acceleration (0.2/0.4/0.6G), position of the
sensor (Front/Back), number of testing times (twice), Impact sound/moving sound
(peak 1 * 8) are selected for the noise factors of this test condition.

(6) Conducting experiment and calculating S/N ratio, Mean

Control factors of baffles were formulated for each combination of the orthogonal
array of L9 (34), Table 3 below displayed below shows collected loudness data
after conducting the experiment. Also, S/N ratio and mean are calculated for each
run of L9 orthogonal array. S/N ratio is a metric in decibels (dB) to variability. The

Fig. 10 Response graph

Fig. 11 Loudness graph of No. 7 in rig test
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larger the S/N, the smaller the variability of loudness. The smaller the mean, this
mean is the smaller the noise Table 4.

(7) Response graphs for S/N ratio and Mean

Through the two response graph (Fig. 10), the effect of each control factor has on
S/N and Mean can be observed. Performance optimization: maximize S/N to
reduce functional variability, minimize Mean for reducing the sloshing noise.
Selection of factors and level: A3, B3, C2, D3.

3.2 Verification of Loudness Index

To verify the validity of loudness index, sample No 7 is mounted on the vehicle
rather than the other psychoacoustic indexes and simple sound pressure level. This
sample shows good aspect in all ranges, except in ‘‘0.4 G’’ and ‘‘Full’’ condition
due to large impact sound at this point. Figure 11 and Table 5 present the identical
results between the rig test measured objective data and the vehicle test subjective
evaluation showing the correlation of the evaluation result. These test results show
the validity of the loudness index for sloshing noise. On the other hand, peak sound
pressure level simultaneously measured with the microphone is used as the data
base for sloshing noise guide line.

3.3 Verification of Performance

(1) Conduct confirmation run

Final optimum design has improved 3 % of noise variability and 7 % of mean
noise loudness level compare to the current tank at the rig test. (See Table 6) Also
the subjective evaluation of the tank with modified design shows the improvement

Table 5 Results of No7 in vehicle evaluation

Class Fuel quantity Overall

1/2 3/4 7/8 Full

Current design 7 7- 7- 7- 7- * 7
No. 7 7 7 7 6+ 6+*7

Table 6 Confirmation of optimum design

Confirmation

S/N ratio Mean

Current design -26.9 dB 19.99
Optimum design -26.1 dB 18.59
Gain 0.8 dB 1.4
% 3 %: 7 %:
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Fig. 12 Loudness graph of current design (left)

Fig. 13 Loudness graph of optimum design (right)

Fig. 14 Current design
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as shown in Fig. 12, 13 present another test result of loudness at 0.4 G and ‘7/8,
Full’ condition in graph.

(2) Vehicles driving tests

Put 1/2, 3/4, 7/8, full amount of fuel to vehicle and evaluate under the specific
mode (braking, turning, etc.). Subjective evaluations are conducted while the NVH
experts are seated in the front and rear seat. And the judgment criterion could be
passed when the evaluation rating score is above the certain score. This newly
devised simple and smart baffle design reduces not only the disturbing fuel tank
sloshing noise but also the overall cost of tank up to 30 % (deleted baffles and tank
surface coating for noise) (Figs. 14, 15).

4 Conclusions

In this study, use of conceptual design process by utilizing Triz and Taguchi
method has been suggested for the low noise baffle developing process. In addition
to that, the sound quality index suitable for fuel tank sloshing noise rig test
evaluation is applied based upon the reasonable test results. Using this innovative
process, noise and cost reducing baffle was developed successfully and have
reached the following conclusions.

(1) Commonly applicable 10 concepts of reducing fuel sloshing noise were
induced. One of the concepts is the new baffle device using Bernoulli theory
and friction force. By the rig and vehicle test, the validity of this innovative
design was proven by saving 30 % of the cost level, reducing 7 % and
improving S/N ratio 3 % of the sloshing noise, compare to the current design
for noise reduction.

(2) Through the Taguchi optimization test, the interval length of 2 baffles, relative
size of the holes, and the position of installation are found to be the main
factors to reduce the concentration of pressure by the fuel inertia force.

Fig. 15 Optimum design
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(3) In the rig test, loudness analysis among the psychoacoustic indexes was
adapted. According to the time based analysis, the sloshing noise was divided
into the impacting noise and the waving noise, and the 8 peak values are used
for calculating S/N ratio and mean value.

(4) The tank with optimized baffle shows the identical noise pattern both in
vehicle subjective test and rig test measured data. Based upon this, validity of
rig test was proven and sloshing noise guide line was set.

(5) The validity of the sound quality index as loudness was proven at the rig test
of fuel tank sloshing noise.

Based on this research, evident cost saving and acceptable noise reduction can
be achieved more effectively and systemically, if the tank is developed in earlier
stage of the development with the suggested process. Moreover, the conceptual
design process using TRIZ and Taguchi method played an important role in
proving its engineering validity by establishing the product developing process.
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