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Preface

World demand for energy, in general, and for transportation, in particular, is

increasing rapidly. The internal combustion engines, fuelled mostly by

petroleum-derived liquid fuels, have been the main source of transportion power

over the past century and are likely to remain so in the foreseeable future. Auto-

motive engines and fuels are facing challenge to reduce emissions for improving

local city air quality as well as improving the fuel conversion efficiency, which

decreases the CO2 emission to reduce global warming risk. The grand challenges

for engine researchers are to develop technologies for maximizing engine effi-

ciency, minimizing the exhaust emissions and optimize the tolerance to a wide

variety of fuels in combustion engines.

The most frequently used types of internal combustion engines are compression

ignition (CI) engines and spark ignition (SI) engines. Conventional CI diesel

engines have higher fuel conversion efficiency than SI engines. Diesel engines

typically emit comparatively higher NOx and particulate matter (PM). Costly after-

treatment devices are used to meet the stringent emission legislations of different

countries. It is difficult to meet future norms with currently available technologies,

and if possible, the cost will also be very high. Therefore, it is important to reduce

NOx and PM emissions inside the engine cylinder. Low temperature combustion

(LTC) mode is known to be a promising approach for simultaneous reduction of

NOx and PM emissions along with high fuel conversion efficiency. This technology

drastically reduces the cost of after-treatment and saves the fuel due to higher fuel

conversion efficiency. Depending on combustion control strategies, degree of

premixing and stratification of charge, several technologies such as homogeneous

charge compression ignition (HCCI), partially premixed combustion (PPC) and

reactivity controlled compression ignition (RCCI) are demonstrated as low tem-

perature engine combustion strategies. This book presents comprehensive discus-

sion on fundamental aspects of LTC engines and recent advances in this novel

technology. This book has been designed for senior undergraduate and postgraduate

students, researchers, practising engineers and professionals, who have the basic

knowledge of internal combustion engines.
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Fundamentals of conventional engines and fuels are briefly described in Chap. 1.

This chapter also introduces the alternative engines and alternative combustion

modes. Chapter 2 explains the LTC principles, basic autoignition reaction kinetics

involved in combustion and different strategies to enable premixed LTC engines.

Advantage and limitations of different LTC strategies are also discussed in Chap. 2.

The LTC process involves various physical processes (atomization, evaporation

and mixing) and complex chemical reactions occurring in the cylinder. Fuel

properties and its composition play an important role in all the physical and

chemical processes involved in LTC process. Chapter 3 discusses the autoignition

characteristics (autoignition chemistry, impact of fuel molecular structure on

autoignition, fuel autoignition quality), fuels effect on autoignition and several

fuel index developed for LTC engines. Fuel design and fuel properties/quality

required for LTC engines are also discussed in Chap. 3. Premixed charge prepara-

tion strategies for LTC engines are discussed in Chap. 4. Quality of air–fuel mixture

governs the combustion process and its rate in LTC engines. Premixed LTC engines

need different enabling technologies depending on the fuel and strategy used to

achieve combustion in the cylinder. To achieve higher fuel conversion efficiency,

desired phasing of combustion timings is essential even at moderate combustion

rates. Chapter 5 describes the combustion control variables and strategies, demon-

strated for LTC engines.

Chapter 6 presents the combustion characteristic of LTC engines using conven-

tional and alternative fuels. Ignition and heat release characteristics of LTC com-

bustion process are described by analysis of ignition delay, heat release rate, ringing

intensity, combustion phasing, combustion duration and combustion efficiency.

Combustion stability and cyclic variations analysis of combustion parameters

using statistical and nonlinear dynamics methods is also discussed in this chapter.

Chapter 7 presents the performance characteristics such as operating range, thermal

efficiency and exhaust gas temperature in LTC engine employing gasoline-like

fuels. Chapter 8 presents the regulated and unregulated emission characteristics of

LTC engines using different fuels. Formation and emission trend of NOx, unburned

hydrocarbons (HC), carbon monoxide (CO) and PM from LTC engines are

discussed in detail.

Typically, LTC engines use premixed air–fuel mixture and combustion is mainly

governed by chemical kinetics. Small variations in engine operating conditions may

lead to a large effect on the combustion phasing. Therefore, HCCI engine cannot be

operated reliably based on engine map. The combustion instability conditions in

HCCI combustion make a compulsory closed-loop combustion control for the very

operation of HCCI engine. Chapter 9 presents the closed-loop control of LTC

engines. For closed-loop combustion control, sensors, actuators and control strat-

egies for LTC engines are also discussed in Chap. 9. Summary of main findings

regarding performance, combustion and emissions characteristics of various LTC

strategies is presented in Chap. 10, and recommendations for further work are also

outlined. Large-scale implementation of LTC combustion modes could generate

some significant change in fuel technology as well as exhaust after treatment
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technologies. Implementation of this technology will save fuel and have significant

environmental impact by reducing emissions.

This book represents the material that has been collected for a period of several

years during my research and teaching work on this subject. The presentation of the

book is influenced by technical literature published by Society of Automotive

Engineers (SAE), Elsevier, SAGE, American Society of Mechanical Engineers

(ASME) and Taylor & Francis Group. I wish to acknowledge with thanks the

permission given by SAE International, Elsevier, ASME, SAGE and Taylor &

Francis Group to reprint some figures from their publications. I also express my

thanks to Prof. Andreas Cronhjort, KTH Royal Institute of Technology, Sweden,

for giving permission to reproduce a picture from his research.

I wish to express my thanks to my students Mr. Mohit Raj Saxena and

Mr. Yogendra Vishwakarma for helping in the preparation of figures for the

book. I extend my deepest gratitude to my parents for their invaluable love,

encouragement and support. I offer greatest thanks to my wife Suneeta for her

contributions of patience, love, faith and constant encouragement. Thanks for being

there and bringing happiness into my life. I wish to express a special appreciation to

my wife for taking care of our lovely son Shashwat and managing family affairs

while I am busy with writing the book. Thanks to little Shashwat for making life

joyful and sorry for spending less time with you during the book writing.

Last but not the least, I would like to express my thanks to all those helped me

directly or indirectly for successful completion of this book. Finally, I thank the

readers for choosing this book. I welcome any feedback or questions on the topics

discussed in this book, or discussions of emerging engine or vehicle powertrain

technologies.

Rupnagar, Punjab, India Rakesh Kumar Maurya

August 2017
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Chapter 1

Introduction

Abstract Energy is a fundamental prime mover for the economic growth of any

country and essential for sustainability of modern economy as well as society.

Long-term availability of environment-friendly, affordable and accessible energy

sources is desirable for economic growth in the future. Presently, humanity is at

crossroads and requires the radical and novel approach for the utilization of energy.

The goal of this book is to present a novel approach for internal combus-

tion (IC) engines, which are one of the most important machines for

transforming the energy of hydrocarbon fuels into useful mechanical work. Two

different viewpoints exist on energy production using IC engines. A number of

people think in terms of mobility advantages, while others associate with emissions

of harmful exhaust gases and large-scale consumption of limited fossil fuel

reserves. Irrespective of one’s viewpoint, the number of vehicles running on IC

engine will be increasing in the future due to the rapid economic growth. Further-

more, on-board power requirement on vehicle will increase due to the growing

number of accessories and electronic devices. These factors lead to the increase in

worldwide fuel consumption and gaseous emissions. Therefore, an IC engine with

alternative combustion mode having superior characteristics than conventional

engines needs to be developed. Ideally, such an alternative combustion mode

should be operated on renewable fuels and have a better fuel conversion efficiency

and no harmful emissions. Present book deals with the detailed analysis of perfor-

mance, combustion and emissions characteristics of novel low temperature com-

bustion (LTC) concept using conventional as well as alternative fuels. This chapter

first discusses the motivation for engine research in general and LTC mode in

particular. The LTC mode is an alternative to conventional, well-known and

frequently used combustion concepts, i.e. compression ignition (CI) and spark

ignition (SI) combustion modes. Brief description of conventional combustion

mode is also provided in this chapter. An overview of alternative engine concepts

and alternative fuels is also presented in this chapter for setting the stage for the

discussion of various LTC engines.

Keywords Combustion • Autoignition • HCCI • Alternative fuels • Powertrain •

SI • CI • PPC • RCCI • Engine
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1.1 Motivation

Global economy and modern society are dependent on the availability of reliable

transportation systems. Modern civilization would not have reached existing living

standards (in terms of physical facilities) without the transportation by millions of

automotive vehicles. Combustion engines are the prime mover for the automotive

vehicles, ships, construction equipment, agricultural machines and gensets. Cur-

rently, a vast majority of combustion engines used in automotive vehicles are

reciprocating piston engines powered by combustion of petroleum-based fossil

fuels. Reciprocating IC engines are well accepted and the most significant source

of energy since the last century because of their superior performance, controlla-

bility, robustness, durability and absence of other viable alternatives.

Assured supply of transportation energy is required from sources with lower

carbon footprint to ensure sustainable development. Increasing mechanization of

the world has led to a steep rise in demand for fossil fuels and increase in number of

automotive vehicles [1, 2]. The International Energy Outlook 2016 shows that the

fuel demand is expected to rise over the next three decades and fossil fuels share

78% of energy use in 2040 [2]. As a result of stringent emission legislations and

higher oil prices, reciprocating IC engine vehicles are expected to continue to

become more efficient. In addition, several new technologies (hybrid cars, electric

vehicles, fuel cells, etc.) are being developed for fuel economy improvement and

reduction in exhaust emissions locally. However, presently shares of these new

technologies are very small. According to future projections, these new vehicle

technologies collectively would account for only 6% of new passenger vehicle sales

by 2020 and 19% by 2035 (hybrids would have major share) [1]. Currently, there

are no realistic alternatives that could completely replace the reciprocating IC

engines. Electric and hybrid electric vehicles are potential technologies, which

can be alternative to IC engines. Electric and hybrid electric vehicles will be

however suitable for short-range journeys and more suitable in light-duty vehicle

category. However, the volumetric and gravimetric density of modern batteries is

still inferior to that of the fuel used in any IC engines [3]. Therefore, combustion

engines are expected to be around for several decades or maybe even centuries to

come, as long as more fuel-efficient and cleaner alternative is made available.

Hence, research focusing on improving the fuel conversion efficiency and reducing

harmful emissions from the IC engine is justified and required in the current

scenario.

Over the years, improving the performance in terms of fuel conversion effi-

ciency and power density of IC engine has been the major driving force for research

and development (R&D). Exhaust emissions from automobiles were recognized as

major contributor to urban air pollution for the first time in California during 1950s

[4]. Now, the users of IC engines are aware of the air pollution from vehicles, and

consequently they demand compliance to environmental consideration and regula-

tory legislations prevailing around the world. The main governing factors for

engine research are described in the next subsections.
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1.1.1 Environmental Concerns

The world is presently facing crisis of depletion in fossil fuel resources and

degradation of environmental conditions. Environmental pollution is a key public

health issue in most of the cities. Epidemiological studies show that air pollution

causes large number of deaths, huge medical costs and lost productivity every year.

These losses and the accompanying degradation in quality of life enforce a sub-

stantial burden on humanity [5]. There are several issues related to environmental

pollution from combustion engines, which are summarized in Fig. 1.1. Major

concerns that appear due to heavy use of combustion engines are global warming,

photochemical smog, carcinogenic particles, acid rains and ozone depletion.

Currently global warming is an important environmental challenge. The phe-

nomenon of global warming occurs due to thermal energy imbalance because of

heat trapped in the earth’s environment by greenhouse gases. The principal green-

house gases generated due to human activities are carbon dioxide (CO2), methane

(CH4), nitrous oxide (N2O) and fluorinated gases (hydrofluorocarbons,

perfluorocarbons and sulphur hexafluoride) [6]. IC engines burn fossil fuels in the

combustion chamber and produce CO2 along with small amounts of methane and

nitrous oxide also. From an IC engine point of view, reduction in the CO2 emissions

can be achieved by developing more efficient engines.

Photochemical smog is a brownish-grey haze caused by reactions between

unburned hydrocarbons and nitrogen oxides in the presence of solar radiation. It

comprises of various organic compounds, ozone and nitrogen oxides (NOx) con-

fined above the ground level due to temperature inversion conditions [4]. The

vehicles contribute to smog by emitting nitrogen oxides and unburned

Fig. 1.1 Major environmental concerns arise due to extensive use of internal combustion engines

for automotive and stationary applications
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hydrocarbons (HC). Therefore, it is required to develop technologies which reduce

the emissions of NOx and unburned hydrocarbons. Acid rain has a negative impact

on vegetation by accelerating acidification of the soil and directly attacking plant

leaves. Acid rain broadly refers to a mixture of wet and dry deposition of nitric and

sulphuric acids from the environment. Emission of sulphur dioxide and NOx from

combustion of fossil fuel contributes to acid rain [7].

Solid particles emitted from automotive vehicles mainly consist of carbonaceous

matter (soot) comprising a small fraction of inorganic matters. Different types of

liquid-phase substances and other hydrocarbon species are either adsorbed or

absorbed on solid soot particles [4]. One of the main sources of soot particles

introduced into the atmospheric air is diesel engine. Soot particles are produced in

the diesel engine due to diffusion-controlled heterogeneous combustion of the

locally rich fuel–air mixture. For human beings, larger particles are not a serious

health threat because they are taken care of by the body’s defence system. Smaller

particles less than 2.5 microns (μm) are the main concern because they take long

time to settle and remain airborne for days altogether. Therefore, smaller soot

particles could reach the respiratory system of human beings. Particles particularly

less than 1 μm are too small to be trapped in the upper portion of lungs, and they

penetrate deep into the lungs [4]. They pose a serious threat to the human health

since carcinogenic compounds such as polycyclic aromatic hydrocarbons (PAHs)

adsorbed on the surface of these soot particles are carried to lungs and can

potentially cause cancer. An improvement based on the measured mass of partic-

ulate matter may actually lead to an increased number of smaller particles, and

result could be misleading. Therefore, it is required to develop engine technologies,

which use premixed flames and emit lower number of particles.

Ozone depletion is another key environmental concern as ozone layer guards

against adverse effects on humans (e.g. skin cancer and cataracts), on biosphere

(e.g. inhibiting plant growth and damaging ecosystems) and on physical infrastruc-

ture of the modern era (e.g. degradation of materials) [8]. Ozone is broken down

continuously in the stratosphere while absorbing the harmful UV-B solar radiation.

Reduction in stratospheric ozone level lead to higher levels of UV-B radiations

reaching the earth’s surface. In the stratosphere, chlorofluorocarbons (CFCs) and

NOx break down ozone into oxygen. The major problem with these pollutants is

that they do not form a stable compound while breaking down the ozone; therefore

new compounds continue to break down ozone.

1.1.2 Regulatory Measures

Utilization of fossil fuels in IC engines affects the regional (local) and global

environment. Pollutants emitted from IC engines have adverse effect on human

health and ambient air quality. Health and other hazards of pollutants depend on its

concentration as well as time of exposure to human body. Harmful health effects of

various pollutants emitted from combustion engines (adapted from references [4, 9,
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10]) are summarized in Fig. 1.2. Governments worldwide have gradually imposed

increasingly stringent restrictions on emission levels and tougher quality norms for

fuel composition in order to reduce the influence of pollutants on the environment

and human health. Furthermore, there are demands for a required emission dura-

bility and in-use inspection and obligatory maintenance [11].

Vehicular exhaust emission standards are specified in terms of pollutant mass

per unit of distance travelled (g/km). For light- and medium-duty vehicles, emission

standards are based on driving cycles that represent typical driving pattern in any

specific country. The test driving cycles are composed of a cold start period, idling,

moderate acceleration and deceleration and cruise modes. For heavy-duty vehicles,

engines are tested on different combinations of speed and load condition for steady

test cycle. To make the test more representative of actual road driving, conditions

on transient tests are also conducted. One major drawback is that the test methods

and emission standard often differ from one country to another and direct compar-

ison is generally not possible [4]. Emission legislations include pollutant species

such as NOx, unburned hydrocarbons, CO and particulate matter (PM), and these

pollutants are frequently referred to as “regulated pollutants”. However, NOx and

Fig. 1.2 Effect of principal pollutants emitted from IC engines on human health
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PM emissions have been a challenge for conventional diesel engines because of the

heterogeneous combustion process in the cylinder [12]. NOx and PM emission

standards for heavy-duty vehicles (adapted from Worldwide Emissions Standards

[13]) are presented in Fig. 1.3. The significant reductions that are made continu-

ously in every country are worth noting. Due to concerns regarding the environ-

mental effects and stringent emission legislations, the research for next-generation

combustion mode for IC engines has gained increasing attention worldwide.

Detailed discussion on next-generation alternative combustion modes is provided

in Chap. 2.

1.1.3 Engine Fuel Challenge

Automotive engines and fuels are facing challenges to reduce emissions for

improving local city air quality as well as reduce CO2 to reduce global warming

risk. Two-thirds of the oil consumption in the world is presently used in the

transportation sector, and half of that goes to passenger cars and light trucks

[14]. This heavy consumption of the fossil fuels results in the emission of large

amount of CO2 which is identified as greenhouse gas (GHG). To address this issue,

the IEA’s (International Energy Agency) roadmap is to reduce the fuel use per

kilometre by 30–50% in new road vehicles worldwide by 2030 [15]. All these goals

stimulate new developments in both conventional and alternative engines as well as

fuels as illustrated in Fig. 1.4 (adapted from [16]).

Fig. 1.3 NOx and PM emission standard for heavy-duty vehicles in different regions of the world
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Grand challenges in IC engine research are summarized as to develop technol-

ogies for maximizing engine efficiency, minimize exhaust emissions and optimize

the tolerance for utilization of wide variety of fuels [17]. To address the challenges,

there are four possible approaches, i.e. (i) improvement of conventional engines,

(ii) improvement of conventional fuels, (iii) development of alternative engine and

(iv) utilization of alternative fuels and their combinations. Over a century, there are

significant developments in conventional engine and fuel technology for improving

their performance to present level (Fig. 1.4). Another possible approach is to

explore new engine concepts that use alternative fuels (such as biodiesel, alcohols,

natural gas, etc.) for meeting future emission legislation. The utilization of alter-

native fuel results in reducing the monopoly of fossil fuels as well as increasing the

engine efficiency. Improvement in IC engine efficiency is still continued, which

represents the richness of the engine combustion process. In recent study, Reitz [18]

summarized engine combustion as “. . .. a low Mach number, compressible,

multiphase, high-Reynolds number turbulent flow with chemical reactions and

heat transfer, confined in a time-varying geometry. The combustion process spans

multiple regimes that include turbulent flame propagation, mixing-controlled burn-

ing, and chemical kinetics-controlled processes, and their combinations”. There is

still space for understanding the engine combustion process and opportunities for

Fig. 1.4 Overview of engine and fuel technologies to tackle technical challenges for future

automotive engines
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new discoveries. In pursuit of developing alternative engine combustion mode, low

temperature combustion (LTC) modes are proposed and demonstrated by

researchers. Brief description of conventional combustion modes is presented in

the next section before the discussion on the alternative fuels and engines.

1.2 Conventional Engine Concepts

Internal combustion engines are heat engine converting chemical energy bound in

fuel into mechanical work. In the IC engines, working fluid is burned and combus-

tion products directly apply force on the engine piston. The most frequently used

types of IC engine in automotive vehicles are compression ignition (CI) engines and

spark ignition (SI) engines. The majority of CI and SI engines are four-stroke cycle

engines, i.e. there are four distinct strokes in a complete cycle of CI/SI engine,

namely, intake stroke, compression stroke, expansion or power stroke and exhaust

stroke. There are differences in charge preparation and combustion characteristics

between these two conventional combustion concepts (discussed in the next sec-

tion); however the engine cycle principle remains the same for both.

1.2.1 Spark Ignition Engines

In conventional SI engine, fuel is injected into the intake manifold by port fuel

injector/carburettor where fuel atomizes, vaporizes and mixes with intake air pre-

sent in the manifold. Modern SI engines are often port injected, and the fuel is

injected by a low-pressure (2-5 bar) fuel injection system. The fuel-air mixture is

then inducted into the combustion chamber during intake stroke, where fuel–air

mixture mixes with residual gases of the previous combustion cycle. During this

period, mixing continues and a close to homogeneous mixture is created in the

engine cylinder. Homogeneous mixture of vaporized fuel, air and residual gases is

then compressed, and by the end of the compression stroke well before top dead

centre (TDC), the mixture is ignited by a single intense, high temperature spark

which initiates the flame kernel. The charge mixture composition and motion

around the spark plug at the time of spark discharge is decisive for the flame

development and subsequent flame propagation. This makes early flame develop-

ment and subsequent propagation vary from cycle to cycle. Flame kernel generated

by spark grows, and a turbulent flame propagates throughout the mixture until it

reaches the combustion chamber walls, where it extinguishes (Fig. 1.5). Figure 1.5

shows the flame propagation at different crankshaft positions for different fuel

injection techniques used for charge preparation (reproduced from [19]). In

advanced modern SI engine, engine can be operated on heterogeneous and homo-

geneous combustion modes using direct injection (DI) of fuel to meet the emission

legislation and achieve higher fuel conversion efficiency. At higher engine loads,
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fuel is injected during the intake stroke of cycle which provides sufficient time to

evaporate and mix with air leading to create a homogeneous mixture before

ignition. This operation mode is similar to conventional port fuel injection (PFI)

system. During lower engine loads, stratified charge mode is used to take the

advantages of wide open throttle operation without pumping loss. In stratified

charge operation mode, injection is staged to ensure that a combustible charge

must be present close to the spark plug at the time of ignition through appropriate

fuel–air mixture preparation processes [20].

Fig. 1.5 Flame propagation (chemiluminescence image) in SI engine for different charge prep-

aration techniques [19]
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In a normal combustion, the flame starts from spark plug and travels across the

combustion chamber in smooth manner. In certain operating conditions, the abnor-

mal combustion or knocking can occur in the engine cylinder. During knocking in

SI engine, the end charge auto-ignites before the flame front consumes it, which

may result in structural damage mainly to piston due to very high pressure rise in

the cylinder. The interactions of flame front propagation, end-gas auto-ignition and

in-cylinder pressure wave are extremely crucial during knocking combustion,

which affect the features of local pressure mutation, combustion regime transitions

and knocking intensity [21]. Knocking phenomenon limits the compression ratio of

SI engines, which in turn limits the achieved thermal efficiency. The SI engine has a

possibility to use higher engine rotational speed in order to get high specific power

because the compression ratio and peak cylinder pressures are limited. Thus a more

lightweight design can be used for engine construction that allows higher rotational

speed. Additionally, flame speed in SI engine scales very well with the engine speed

which also allows the higher rotational speed.

In SI engine, load control is achieved by throttling, which changes the air flow

rate in the combustion chamber, in order to keep the air–fuel ratio stoichiometric.

The air–fuel mixture needs to be close to stoichiometric for complete flame

propagation [22]. Throttling leads to increased pumping losses during the gas

exchange process, which reduces the part load efficiency of SI engines. In a car,

majority of the engine operating points are in low to medium engine loads.

Therefore, fuel conversion efficiency is quite low in SI engine due to higher

pumping loses by throttling.

The mechanism of emission formation in the engine is governed by the com-

bustion process and combustion chemistry. To sustain the flame propagation in SI

engine, burned gas temperature needs to be over 1900 K [23]. Since the nitrogen

oxide (NOx) formation increases rapidly at this combustion temperature, the SI

engine emits higher amount of NOx. The burned gases in the cylinder are com-

pressed during compression stroke till piston reaches TDC position and temperature

attained in combustion chamber leads to the significant NOx formation. Carbon

monoxide (CO) is primarily a result of oxygen deficiency in the air–fuel mixture

that leads to incomplete oxidation of the fuel. With decrease in air–fuel ratio below

stoichiometric value (λ<1), CO formation sharply increases in the cylinder

[24]. Combustion flame quenches near cold cylinder walls and it leaves a very

thin quench layer of unburned fuel–air mixture. Flame is also unable to burn the

fuel–air mixture present in the crevices (between piston top land and cylinder wall

above top ring, around spark plug threads, cylinder head gasket) of combustion

chamber. Adsorption of fuel vapours in the lubricating oil film on cylinder walls

and combustion chamber deposits are another source of unburned hydrocarbon

(HC) emissions in conventional SI engines [22]. Engine design and operating

parameters also affect the NOx and HC emissions. CO emissions are mainly

affected by fuel–air equivalence ratio, and other parameters influence CO formation

indirectly [24]. The effect of some of the important design and operating parameters

on NOx and HC emissions is qualitatively summarized and presented in Table 1.1

(adapted from [24], and for more details see original reference).
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To improve the performance of conventional SI engines and meet the emission

legislation limits, various technologies are developed and implemented over the

several decades. The development of SI engines over the last five decades with view

on their control is presented in Fig. 1.6 [25]. The SI engines are mechanically

controlled with electromechanical coil ignition till around 1965. Subsequently,

replacement of carburettors with manifold fuel injection systems with electronic

analog control started. Emission legislations significantly governed the develop-

ments of various technologies (electronic control, direct injection, etc.). Conven-

tional SI ignition engines use three-way catalytic converter to meet emission

legislation. Three-way catalytic converters simultaneously oxidize CO and HC

and reduce NOx emission from engine exhaust. The essential condition to use

three-way catalytic converter is that the engine operates at or very close to stoi-

chiometric air–fuel ratio. This condition is required to ensure that the enough

reducing CO and HC species are present to reduce NOx to N2 and enough oxygen

is available to oxidize CO and HC emissions [4]. A closed-loop feedback manage-

ment system with an oxygen (λ) sensor in the exhaust is used for precise control of

air–fuel ratio in SI engine.

1.2.2 Compression Ignition Engines

Combustion in compression ignition (CI) engine is fundamentally different from SI

engines. Unlike SI engines, in the diesel engine, only air is drawn into the cylinder

during intake stroke, and no throttle is required for engine operation. The inducted

air is then compressed, and towards the end of the compression stroke, shortly

before TDC, the fuel is injected at high pressure into the hot compressed air in the

combustion chamber. The highly pressurized fuel is introduced into the combustion

chamber via five to eight fuel sprays, depending on the size of the cylinder. The

injected fuel atomizes, evaporates and mixes with the hot compressed air and auto-

Table 1.1 Effect of

operating and design

parameters on NOx and HC

emissions in SI engines

Increase in parameter NOx HC

Operating parameters

Engine load Increase Decrease

Engine speed Uncertain Increase

Coolant temperature Increase Decrease

EGR Decrease Increase

Intake swirl and turbulence Increase Decrease

Advanced ignition timings Increase Increase

Design parameters

Compression ratio Increase Increase

Surface-to-volume ratio Decrease Increase

Bore/stroke ratio Decrease Increase

Valve overlap Decrease Increase
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Fig. 1.6 Historical development of spark ignition engines [25]
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ignites in the cylinder. In contrast to SI engines, time available for fuel–air mixture

formation is very short in diesel engines. Therefore, a fast injection and the best

possible atomization are required for intensive mixture formation in a diesel engine

[25]. When fuel injection starts, some fuel atomizes, vaporizes and mixes partially

with the air before auto-ignition occurs. Partially premixed mixture is then rapidly

consumed when auto-ignition starts and the remaining combustion takes place

under non-premixed conditions. The flames can be characterized as a “turbulent

unsteady diffusion flames” [22]. After premixed phase combustion, diesel combus-

tion is controlled by turbulent mixing of fuel and air at the outskirts of the diesel

spray. Mixing-controlled combustion phase continues until the fuel injection is

ended. After the end of fuel injection, remaining fuel or combustion intermediates

burn in a diffusion flame called late mixing-controlled combustion phase [26]. In

this combustion phase, the fuel spray no longer governs the fuel–air mixing process.

Heat release rate (HRR) decreases fast and then gradually reduces to a zero because

of dissipation of spray turbulence. Cylinder volume increases and charge cools

down due to movement of piston, which may result into poor combustion efficiency

in case of very low late-cycle mixing [26]. Figure 1.7 and 1.8 illustrates the typical

combustion process in diesel engines.

Figure 1.7 depicts the sequence of combustion images from a diesel engine at

1200 rpm. Fuel is injected into the cylinder at 160 MPa fuel injection pressure using

eight-hole injector having 190 μm orifice diameter. Heterogeneous nature of diesel

combustion and diffusion flame development along with its progress is clearly

illustrated (Fig. 1.7). At high combustion temperature (2000–2500 �C), carbon

Fig. 1.7 Image sequence of diesel combustion at 1200 rpm and 160 MPa injection pressure

(Courtesy of Andreas Cronhjort). Yellow luminosity of flames originates from hot radiating soot

particles
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particles in the diffusion flame have sufficient luminosity and appear as yellow

region. As flame cools, the radiation from the particles changes colour through

orange to red [22]. The appearance of brown region indicates excessively rich

mixture region, where substantial soot production has occurred. Initially (0 and

1 CAD; Fig. 1.7), images are mostly brownish colour due to richer mixture

and relatively lower mixing with air. As combustion proceeds, more air entrainment

takes place, the mixing occurs and their combustion leads to higher temperature,

which changes the image colour in subsequent crank angle position.

Figure 1.8 shows heat release rate (HRR) and the progress of diesel combustion

with respect to crankshaft position from the start of combustion to the end of

combustion at 1000 rpm. In the first image, combustion has just started, and in

the second image, all sprays have developed diffusion flames. The next two

combustion images have the highest intensity, based on the HRR. It can also be

observed from Fig. 1.8 that HRR is affected by the different swirl numbers

(SN) [27]. The HRR increases with SN during the diffusion combustion duration,

and the opposite is found at the post-oxidation duration. Premixed combustion

duration is not seen prominently in modern engines (Fig. 1.8). The premixed burn

appears more prominently in textbook HRR curves that is typically shown for

low-pressure mechanical fuel injection (e.g. Heywood [22]). Modern diesel engines

show only a very small portion (depending on engine load) of premixed heat release

because of accelerated mixing process and reduced ignition delay period due to very

Fig. 1.8 HRR and flame luminescence images at load of 20 bar IMEP and 2500 bar injection

pressure in diesel engine [27]
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high fuel injection pressures [26]. Diesel fuel injection system and its control are

developed for very precise fuel injection at very high injection pressure

(~2000 bar). The development of diesel engines over the last five decades with

respect to fuel injection system and their control is presented in Fig. 1.9

[25]. Around 1989 diesel engines started using microprocessor controlled direct

fuel injection along with wastegate turbochargers. In later years, exhaust gas

recirculation (EGR), oxidation catalyst and turbochargers with variable geometry

developed. Current diesel engines are equipped with high fuel injection pres-

sure (~2000 bar), piezo-injectors, common rail direct injection, high EGR rates,

twin turbochargers or VGT and recent after-treatment technologies (DeNOx cata-

lyst, DPF, SCR).

In the diesel engines, combustion process is a very complex phenomenon. Fuel

injection, atomization, vaporization, mixing and combustion occur at the same time

in the combustion chamber. Mixing and vaporization are the slowest processes in

diesel engine combustion and hence it determines the combustion rate. Therefore

combustion timing and rate can be easily controlled by diesel injection timings

[22]. The speed of diesel combustion is limited by the mixing between the injected

fuel and the air in the combustion chamber, which also limits the maximum engine

speed. Engine load in CI engine is controlled by varying the amount of fuel

injected, and hence, airflow rate remains constant for all engine loads in naturally

aspirated diesel engines. Since CI engine combustion is a mixing-controlled pro-

cess, engine knock can be avoided, and knocking does not limit the compression

ratio of the diesel engine. Due to lower pumping losses and higher compression

ratio, diesel engines offer higher part load efficiency as compared to SI engines.

Lower cylinder temperatures due to leaner engine operation lead to lower heat loss

to coolant as well as exhaust, which also contributes to higher CI engine efficiency.

As an additional benefit, the ratio of specific heats (γ) is higher for lean mixture

operated engines, and therefore lower thermal energy is lost in the excitation states

of larger triatomic species (CO2 and H2O) [28]. This leads to the availability of

higher amount of thermal energy in working fluid, and more work can be extracted,

which contributes to higher fuel conversion efficiency of the engine.

Major emission concerns from diesel engines are HC, NOx and particulates

(PM). However, HC emission can be easily mitigated by oxidation catalyst.

Based on laser sheet imaging studies of diesel spray combustion, Dec [12] proposed

a conceptual model for soot formation. According to this model, liquid fuel jet

penetration is rather short in length, and all the fuel in combustion zone is in vapour

phase. Soot first appears just downstream of liquid jet in rich premixed combustion

region. Figure 1.10 shows the temperature distribution and combustion chemistry

of diesel fuel spray in the conceptual DI diesel combustion model [29]. The

concentration of soot increases and particle size grows as soot flows downstream

towards the spray boundary. The model proposed that the formation of soot pre-

cursors and consequent generation of soot particles happen in the rich premixed

flame (φ ¼ 2–4) and the soot particle size increases as they pass through spray

towards the head vortex [24]. Some of the soot particles reach the diffusion flame at

the periphery of the jet, where they can be oxidized by OH radicals. Most of the
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Fig. 1.9 Historical development of diesel engines [25]
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NOx formation happens during the time of high-energy release rates associated with

the diffusion burning process, where temperature reaches around 2700 K [29].

Diesel engine emission formation is affected by engine design, operating and

fuel injection parameters. The effect of some of the important engine operating, fuel

injection and design parameters on NOx, PM and HC emissions is qualitatively

summarized and presented in Table 1.2 (adapted from [24, 30]).

Simultaneous reduction of NOx and PM presents the biggest challenge as most

of the engine design strategies reduce either NOx emissions or PM. The reduction of

one (NOx or PM) causes an increase in the other, which is typically known as soot-

NOx trade-off in a diesel engine [4]. Several design changes for NOx reduction

result in higher fuel consumptions. To meet the emission legislations, various

exhaust after-treatment technologies are used in diesel engines. Advanced exhaust

after-treatments such as NOx storage reduction (NSR), selective catalytic reduction

(SCR), diesel particulate filter (DPF), continuously regenerating trap (CRT), etc.

are developed and still continuously improved to meet the emission legislations for

diesel engine.

Fig. 1.10 Conceptual

model of spray combustion

in DI diesel engine.

Reprinted with permission

Copyright © 1999 SAE

International [29]
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1.3 Automotive Fuels

Chemical bond energy of a combustible fuel is converted to useful mechanical work

by IC engines. As long as fuel is convenient to handle, transport and store, relatively

safe, its utilization in the efficient IC engines is the best choice for automotive

applications. Fuel quality affects the engine design and exhaust emissions. Apart

from the environmental considerations, several other fuel quality requirements such

as better combustion quality, high heat of combustion, high volumetric energy, low

and high temperature performance, good oxidation stability, material capability,

good flow characteristics, etc. are to be met by potential automotive engine fuels.

Relationship between fuel quality and engine vehicle performance is discussed in

detail by Pundir [4].

Four basic requirements for a future automotive fuel are (i) high power density,

(ii) certain supply, (iii) overall economic feasibility and (iv) the incorporation of

environmental and climate protection requirements [31]. Engine fuels as well as

fuel constituents can be obtained from various feedstocks such as crude oil, natural

gas, biomass, coal, oil shale, methane hydrates, oil sands and even carbon oxides

(CO and CO2) reacted with hydrogen [32]. Most of liquid engine fuel components

are produced from distillation of petroleum-derived crude oil. Fischer–Tropsch

process is another important method of producing engine fuels using syngas or

natural gas. Natural gas (predominantly methane) is the only fuel that needs almost

no processing for automotive engine applications. It requires only drying and

Table 1.2 Effect of engine operating, fuel injection and design parameters on NOx, PM and HC

emissions in diesel engines [24, 30]

Parameter NOx PM HC

Operating parameters

Engine speed Increase Reaches optimum Increase

Engine load Reaches optimum Reaches optimum Decrease

Coolant temperature Increase Decrease Decrease

Fuel cetane number Decrease No effect Decrease

Fuel volatility Increase No effect No effect

Fuel injection parameters

High injection pressure Increase Decrease Decrease

Retarded injection timing Decrease Increase Increase

Pilot injection Decrease No effect No effect

Spray angle Reaches optimum Reaches optimum No effect

Sac volume No effect Reaches optimum Increase

Design parameters

Compression ratio Reaches optimum Reaches optimum Decrease

Stroke/bore ratio No effect Decrease Decrease

Crevice volume No effect Increase No effect

Swirl Reaches optimum Reaches optimum Reaches optimum
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removal of hydrogen sulphide (H2S) from “sour” gas. Biomass is another key

feedstock for the production of biofuels for combustion engines using thermochem-

ical and biochemical routes. Thermochemical routes include pyrolysis and gasifi-

cation process which convert biomass to liquid or gases, and they can be utilized in

combustion engines by significant post-processing [32]. Biochemical routes

involve using microorganisms to produce fuels. Biodiesel and ethanol are the

other major biofuels derived from renewable materials.

Physical and chemical properties of a fuel are governed by its chemical compo-

sitions. Modern automotive fuel is a combination of different kinds of components

including hydrocarbons, oxygenates, additives and sulphur. Present automotive

gasoline and diesel have a higher compositional complexity and typically consist

of over 100 and 1000 different components, respectively [32]. Major components of

automotive fuels summarized from Mueller et al. [31] are shown in Fig. 1.11, and

detailed description of each component can be found in original source. Petroleum

crude oil mainly contains hydrocarbons, categorized as paraffins, naphthenes and

aromatics. Gasoline and diesel fuels also consist of olefins that are formed during

refining process, which are not originally present in crude oil [24]. Each hydrocar-

bon group has its own characteristic chemical structure and properties. Organic

compounds consist of oxygen mainly alcohols, ethers, and esters (which are termed

as oxygenates) are added to automotive fuels to enhance their fuel properties and

reduce the emission of harmful combustion species. To further improve the fuel

performance, some additives such as cetane improvers, lubricity improvers, oxida-

tion inhibitors, detergents and metal deactivators are added to fuels at ppm

levels [32].

Fuel properties affect the performance, combustion and emission characteristics

of the engine. Mueller et al. categorized and discussed the key fuel properties into

five categories, namely, combustion properties, physical properties, material

Fig. 1.11 Summary of automotive fuel composition
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compatibility, stability and environmental considerations [32]. Important automo-

tive fuel properties are listed in Fig. 1.12. Main combustion properties of an

automotive fuel are its autoignition quality, energy content and emission formation

characteristics. Better ignition quality leads to improved fuel economy and reduc-

tion in exhaust emissions. High octane number (ON) fuels for SI engine and high

cetane number (CN) fuels for CI engines are required for good combustion charac-

teristics. High energy content of automotive fuels leads to requirement of smaller

amount of onboard fuel storage on vehicle for the same operating range. Emission

formation is affected by fuel composition which affects the physical process

happening in the engine combustion such as fuel injection, atomization, vaporiza-

tion, mixing and combustion kinetics. Physical properties such as density, viscosity,

lubricity and phase change characteristics are important for fuel injection system

and charge preparation for engine combustion. Fuel resistance to variations in its

chemical composition and/or mixture characteristics with time is known as fuel

stability [32]. Good low temperature oxidation stability reduces the fuel deteriora-

tion during storage and deposit formation in the fuel system [24]. Material com-

patibility is necessary to prevent corrosion of metallic components as well as

deterioration of rubber and elastomeric components which come into contact

from point of production to engine combustion (e.g. storage tanks, pipelines,

vehicle fuel tank, injection system, engine components). Fuel quality requirements

specific to low temperature combustion (LTC) engines are discussed in Chap. 3.

Depletion of fossil fuels, forex expenditure, energy security and environmental

pollution are the key factors to commence critical steps for substituting conven-

tional gasoline and diesel fuels by alternative and renewable fuels at this juncture of

time. Several alternative fuels are being demonstrated and proposed to substitute

Fig. 1.12 Summary of important properties of automotive fuels
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conventional automotive fuels (gasoline and diesel). Alternative fuels for automo-

tive transportation summarized from Ref. [33] are presented in Fig. 1.13, and

detailed description of each fuel property and production process is provided in

the original source.

Alternative fuels can be categorized as gasoline-like fuels (for spark ignition)

and diesel-like fuels (for compression ignition) based on their utilization in two

broad categories of IC engine currently used for automotive transportation.

Gasoline-like fuels typically have higher octane numbers, and auto-ignition tem-

perature is higher, which requires an external energy source to ignite the fuel-air

mixture in combustion chamber (spark ignition and laser ignition). Alternative

gasoline-like fuels can be fossil base (GTL, CNG, LPG, coal-based H2) and

renewable biofuels (alcohols, 2-5-dimethylfuran (DMF), syngas, biogas, H2).

Diesel-like fuels have higher cetane number, and auto-ignition temperature is

comparatively lower, which can be auto-ignited by itself in combustion chamber

due to compression of charge. Typical diesel-like alternative fuels are biodiesel

(ethyl/methyl esters), dimethyl ether (DME), diethyl ether (DEE) and Fischer–

Tropsch (FT) diesel. Biodiesel is a renewable fuel obtained from a variety of edible

and nonedible vegetable oils as well as animal fat. Biodiesel is a clean burning

mono-alkyl ester-based oxygenated fuel produced by transesterification process.

Transesterification is the reaction of triglycerides present in the vegetable oils with

primary alcohols in presence of a catalyst, which produces primary esters (biodie-

sel) and glycerol [34]. Physical and combustion properties of biodiesel are very

similar to diesel fuel. DME is a colourless gas (easy to liquefy and transport) at

Fig. 1.13 Summary of alternative fuels presently used/proposed for automotive engines
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standard ambient temperature with a typical odour and has emerged only recently

as an automotive fuel. DME is one of the best alternative fuels for CI engines, and

its clean combustion also decreases local air pollution. It can be easily auto-ignited

due to its high cetane number and results in practically soot-free combustion due to

easy vaporization and absence of carbon-to-carbon bonds [35].

Hydrogen emerged as promising gasoline-like alternative fuels. Hydrogen can

be produced mainly by two routes involving electrolysis of water and steam

reforming or gasification of a hydrogen-containing raw material. Hydrogen requires

very low ignition energy and has very wide flammability limits. The main benefit of

hydrogen as fuel over other alternative fuels is its carbon-free exhaust species from

engines. In hydrogen combustion engine, the CO2 emission is not there, which is

the major species emitted after combustion of other alternative fuels. Hydrogen

utilization in automotive vehicles is proposed mainly in two ways through

(1) hydrogen fuel cell (FC) vehicles and (2) hydrogen-based IC engine vehicles.

Presently, cost and fuel conversion efficiency of hydrogen fuel cell-based

powertrains is higher than corresponding hydrogen IC engine powertrains [36].

Primary alcohols and their gasoline blends are typically used as alternative fuels

for SI engines [37]. Methanol is a high oxygen content fuel among all primary

alcohols. Methanol-fueled engines have clean combustion because of high oxygen

content and simple chemical structure. Methanol is a highly toxic compound and

careful utilization is required as fuel. Ethanol properties are similar to methanol, but it

is less toxic and less corrosive [34]. In view of the attractive attributes of biofuels

especially alcohols, efforts have been made to use them into the energy conversion

systems; this book presents their utilization in alternative engine combustion concept,

namely, LTC engines. Detailed discussion on combustion, performance and emis-

sions characteristics of ethanol and methanol in LTC engines is presented in Chaps. 6,

7 and 8, respectively.

1.4 Alternative Engines

As discussed in Sect. 1.1.3, one of the possible ways to meet the engine fuel

challenge is to develop an alternative engine. Factors such as global warming, air

quality improvement in urban areas, energy efficiency and energy security govern

the development of newer and alternative vehicle propulsion system. This chal-

lenge can be addressed by developing alternative powertrains (fuel cells, hybrid,

electric vehicles) or by improving the performance of conventional IC engines by

developing alternative engine combustion modes. This section explains alternative

powertrains as well as alternative engine concepts.
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1.4.1 Alternative Powertrains

The design of vehicle powertrain is governed by the type of energy to be used. The

complete energy supply chain (source, processing, transportation and distribution)

and its impact on the environment (well-to-wheel analysis) as well as cost are to be

evaluated for the development of vehicle powertrain. The vehicle powertrains such

as fuel cell, hybrid electric propulsion, batteries for electric vehicles and sterling

engines are mainly investigated and evaluated over the years [24].

Hybrid electric vehicle (HEV) is proposed as a solution to achieve higher fuel

economy and lower exhaust emissions in comparison to conventional internal

combustion engines (ICE). The HEV is an intermediate step between ICE and

full electric vehicle. The HEVs use internal combustion engines in combination

with one or more electric motors connected to battery pack providing power to

vehicle wheels either separately or jointly. Two basic configurations of HEV are

series type and parallel type. In the series hybrid, only electric motor powers the

wheels, and ICE runs a generator which powers the motor or charges the batteries.

In this case, engine is not subjected to the transient operation of vehicles. In the

parallel hybrid, engine and motor both are connected to wheels. The ICE powers

one set of wheels and motor powers the other set of wheels [24]. In this mode, ICE

is subjected to vehicle transient operation and leading to penalty on fuel conversion

efficiency and exhaust emissions. Most of the ICE-operated cars have engines of

higher rating (for, e.g. in India 25–70 kW), and average power usage in city driving

is very low (Indian cities driving around 5 kW or lower). The fuel conversion

efficiency of ICE is very poor at lower power output. The HEV uses a smaller rating

engine, which can be operated at higher fuel conversion efficiency, and transients

are managed by electric motor, which leads to higher fuel economy. Lower exhaust

emission is achieved with HEV due to the operation of ICE at fixed conditions of

engine operating load and speed point, and exhaust after-treatment is also more

efficient at steady-state conditions [24].

Fuel cell (FC) is another potential option for powering vehicles. Fuel cell is an

electrochemical device that produces DC electrical energy through a chemical

reaction of hydrogen and oxygen [38]. Electrical energy can be used to drive the

motor to power the vehicle wheels similar to HEV. Hydrogen FC have higher

power density therefore preferred for fuel cell vehicles (FCV). The FCVs are

comparatively less noisy. The FCV is promising if hydrogen is produced from

renewable sources. Hydrogen can be produced from reforming of fossil fuels, oil

and natural gas, renewable biomass, etc. in stand-alone stationery units and sup-

plied to vehicles. There are challenges for large-scale production of hydrogen, and

well-to-wheel efficiency of FCV is not significantly better than their counterparts

[39]. On-board hydrogen storage is also an important factor for commercial success

of FCV. There are many parameters still needs to be addressed before full swing

market of HEVs [40] such as (i) high power density renewable energy sources;

(ii) higher cost; (iii) detailed analysis of hydrogen production for FC, including

delivery and storage tank systems; (iv) rapid recharging systems for plug-in BEVs;

and (v) limited life cycle of batteries.
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Implementation of most of the new ideas of efficient powertrain to replace ICE is

restricted due to cost, complexity and overlooked real-world design shortcomings.

The HEVs or BEVs have advantages in some light-duty applications depending on

duty cycle [18]. Additionally, electric power station efficiency is less than 50%

along with losses in power distribution, mining and transportation of fuel, if

electricity is not coming through renewable sources. There is no apparent alterna-

tive to the ICE for the medium- and heavy-duty commercial vehicle markets, which

are mostly high-efficiency compression ignition diesel engines. However, fossil

fuel utilization in combustion engines is also not a sustainable option. These issues

govern the requirement of the development of more efficient alternative combustion

mode engines, which can be operated on renewable non-fossil fuels. This is the

main subject of the present book.

1.4.2 Alternative Combustion Concepts

Recent developments in conventional SI and CI engines has shown significant

improvements in fuel economy and exhaust emissions. Conventional SI engines

are required to operate on homogeneous stoichiometric mixture and throttled

operation, which results into lower fuel conversion efficiency (Sect. 1.2.1). In SI

engine, compression ratio is limited by combustion knocking, which further causes

lower thermal efficiency. To overcome some of the disadvantages of conventional

SI engines, lean SI combustion engines are developed. Lean combustion has

thermodynamically higher efficiency due to higher ratio of specific heats (γ), and
lean combustion also has lower combustion temperature, thus lower heat transfer

loss [22]. Unfortunately, there exists a lean combustion limit and beyond this

dilution combustion flame is extinguished. Cyclic variations in indicated mean

effective pressure (IMEP) also increase for lean mixture engine operation

[22]. Another major demerit of leaner SI engine operation is that standard three-

way catalytic converter cannot be used for after-treatment of exhaust gases due to

lesser availability of CO and HC for reduction of NOx.

Stratified charge spark ignition (SCSI) combustion process is developed to miti-

gate limits of lean homogeneous spark-ignited combustion by gasoline direct injec-

tion (GDI) technology. In this combustion strategy, locally near-stoichiometric

mixture is created in the vicinity of spark plug, and globally (overall) fuel-air

mixture is lean. This combustion strategy has the advantages of lean combustion

such as lower pumping loss, lower heat transfer losses and higher ratio of specific

heats. Additionally, direct fuel injection in cylinder leads to charge cooling due to

fuel evaporation, and thus, chances of knocking are reduced. Due to this reason,

engine can also be operated at higher compression ratios [41]. Higher compression

ratio thermodynamically leads to higher thermal efficiency, but still, the compression

ratio of GDI is much lower than the CI engines. In SCSI engines, fuel-rich zone also

formed, which leads to higher soot formation. The SCSI engines also require lean

NOx after-treatment technology for reduction of NOx.
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The conventional CI engines are operated on lean fuel-air mixture (globally) and

higher compression ratios, which leads to higher thermal efficiency in comparison

to SI engines. In conventional CI engine, fuel is directly injected into combustion

chamber, and turbulent heterogeneous combustion occurs in the cylinder. Hetero-

geneous (combustion of locally rich fuel-air mixture) combustion leads to the

formation of NOx and soot in the diesel engine.

Ideally, an engine should be operated on homogeneous leaner mixture at higher

compression ratios for higher thermal efficiency and simultaneously lower NOx and

soot emissions. The homogeneous charge compression ignition (HCCI) strategy is

precisely using the same concept of burning leaner homogeneous mixture at higher

compression ratios. In HCCI combustion, homogeneous charge preparation is similar

to SI engines, and ignition is similar to CI engines (auto-ignition of charge in the

cylinder). In HCCI engines fuel–air mixture is always diluted by excess air, residuals

or a combination of air and residuals. In HCCI engine, auto-ignition process is

indirectly controlled by pressure, temperature, composition and the time history of

the fuel–air mixture, which can be controlled by regulating the air–fuel ratio, inlet

manifold temperature and pressure, EGR or amount of residuals, coolant tempera-

ture, fuel properties or fuel blend and direct fuel injection timings [42]. Due to

controlled auto-ignition of the fuel–air mixture in HCCI combustion, it is also

referred by another name called controlled auto-ignition (CAI). Detailed discussion

on HCCI combustion and its control is presented in Chaps. 2 and 5 of the

present book.

Onishi et al. performed the first systematic investigation on HCCI combustion

using a two-stroke engine in 1979 and named the combustion process as active

thermo-atmospheric combustion (ATAC) [43]. In this combustion process, whole

fuel–air mixture in the cylinder auto-ignited simultaneously, and no flame propa-

gation was observed. During the same time frame, another study conducted by

Noguchi et al. presented the same combustion event in a two-stroke opposed piston

engine by measurements of radical concentration in the cylinder [44]. Najt and

Foster investigated HCCI combustion process in a four-stroke variable compression

ratio (VCR) engine using mixture of iso-octane and n-heptane in 1983 [45]. Over

the last three decades, the HCCI combustion process has been investigated with

significant achievement in two- and four-stroke engines with liquid and gaseous

fuels [46]. Considering the common features of auto-ignition and premixed fuel–air

mixture, several technologies with different names such as PCCI (premixed charge

compression ignition), ATAC (active thermo-atmospheric combustion), HCCI

(homogeneous charge compression ignition), OKP (optimized kinetic process),

TS (Toyota-Soken), CAI (controlled auto-ignition), PREDIC (premixed lean diesel

combustion), ARC (active radical combustion), MK (modulated kinetics),

UNIBUS (uniform bulky combustion system), CIHC (compression-ignited homo-

geneous charge), etc. are investigated over the year, and detailed reference (for

further study) of each technology can be found in Ref. [47].

1.4 Alternative Engines 25



Major drawback in HCCI mode is lack of combustion control and limited power

output. To overcome the limitations of lower power density and combustion

control, partially stratified charge compression ignition (SCCI) mode is proposed.

In this development process, first diesel partially premixed compression ignition

(PPCI, sometimes also referred as PCCI) and then gasoline partially premixed

combustion (PPC) are proposed to achieve higher engine load while keeping the

benefits of HCCI mode. To achieve higher power output along with better com-

bustion phasing and duration control, dual fuel reactivity-controlled compression

ignition (RCCI) strategy is most recently developed. Comprehensive discussion on

these combustion strategies is presented in Chap. 2. Figure 1.14 schematically

shows the three main combustion modes (SI, CI and HCCI) and five intermediate

combustion processes in IC engines. The spark-assisted compression ignition

(SACI) is an intermediate combustion process between SI and HCCI modes.

However, RCCI, PPC and PCCI are intermediate combustion process between CI

and HCCI modes. The difference between dual fuel RCCI and conventional dual

fuel combustion process is the fuel injection strategy and premixed charge engine

operation. In RCCI combustion process, diesel is premixed (longer ignition delay)

to increase the reactivity of charge and reactivity distribution of charge in the engine

cylinder, whereas in conventional dual fuel combustion process, ignition delays are

very short (in comparison to RCCI) and diesel burns as conventional diffusion

flame. Therefore, conventional dual fuel combustion process is an intermediate

process between CI and SI modes. However, RCCI combustion is intermediate

combustion process between CI and HCCI mode.

A common classification to all the mentioned premixed combustion technolo-

gies is low temperature combustion (LTC) due to significantly lower combustion

temperature in comparison to conventional CI and SI engines. All the premixed

LTC strategies have common characteristic of comparatively higher thermal effi-

ciency and simultaneously reducing NOx and soot emissions to an ultralow level.

Figure 1.15 depicts the different engine combustion strategies based on fuel reac-

tivity of charge used. It is observed that conventional combustion strategies are

Fig. 1.14 Schematic

representation of three

major combustion modes

and intermediate processes

in IC engines (Adapted

from [47])
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converging towards the fuel reactivity between gasoline and diesel by the develop-

ment of newer LTC engines. This provides the fuel flexibility to use both low

reactivity gasoline-like fuels and high reactivity diesel-like fuels in LTC engines.

Additionally, the future engine management system can use best control strategies

for the fuel utilization based on vehicle operating conditions using the advanced

multi-fuel engine technology [49].

Another important observation for LTC strategy is that it combines the best

features of conventional CI and SI strategies, i.e. better efficiency of CI engine and

cleaner emissions of SI engine (Fig. 1.16a). Figure 1.16 shows the merging trend of

conventional diesel (CI) and gasoline (SI) engine technologies. Future advanced

LTC engines required complex fuel injection strategies using both port and direct

fuel injection, and engine is operated at moderate compression ratio (Fig. 1.16b). In

CI engines, compression ratio has a key role in auto-ignition of fuel especially

under cold start conditions by providing higher gas temperature at higher compres-

sion ratio. This is one of the factors; the older indirect diesel injection (IDI) engines

Fig. 1.16 Merging trend of conventional diesel and gasoline engine technology into LTC engine

(Adapted from [48, 50])

Fig. 1.15 Proposed combustion strategies based on fuel reactivity (Adapted from [49])
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(prechamber injection) have very high compression ratios (20–24) to compensate

for higher heat losses due to larger surface area of prechamber. Development of

direct fuel injection at higher pressure leads to lower heat loss, and reduction in

compression ratio. Engine thermal efficiency has nonlinear correlation with com-

pression ratio. Engine thermal efficiency initially increases drastically with com-

pression ratio (up to approximately 14) and increase in compression ratio has less

significant effect at higher compression ratios [22].

In premixed LTC engines, longer ignition delay is required to provide sufficient

time for mixing fuel with air. Engine operation at comparatively lower compression

ratio leads to lower cylinder gas temperature, which is helpful to have longer

ignition delay period. Therefore LTC engines are moving towards complex fuel

injection strategies along with moderate compression ratios. Detailed discussion on

characteristics and control of LTC engines is the subject of the following chapters

of this book.
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Chapter 2

Low Temperature Combustion Engines

Abstract Current stringent emission legislation, market and environmental concern

governs the automotive research for developing high-efficiency and low emission

engines. Vehicle manufacturers meet the present emission norms using a combination

of in-cylinder emission reduction methods and exhaust after-treatment devices. Pro-

posed future emission norms are even more stringent; and thus, newer technologies

are required to satisfy emission standards worldwide. Low temperature combustion

(LTC) engines have potential to deliver higher fuel conversion efficiency and simul-

taneous reduction of NOx and soot emissions to an ultralow level. The LTC engines

can also reduce the heavy dependence on NOx and soot after-treatment devices for

meeting the emission norms. In this chapter, LTC principles along with different

proposed LTC strategies are discussed in detail. The LTC strategies are broadly

categorized into homogeneous charge compression ignition (HCCI) and partially

stratified charge compression ignition (SCCI). The SCCI strategy is further classified

as thermal stratification- and fuel concentration stratification-based combustion pro-

cess. The partially premixed compression ignition (PPCI) and reactivity-controlled

compression ignition (RCCI) are the two main engine combustion modes with fuel

concentration stratification are discussed in this chapter. Thermally stratified com-

pression ignition mode is also described in the present chapter.

Keywords LTC • HCCI • Stratification • Combustion • Heat release • LTHR •

HTHR • PCCI • EGR • SACI • Ignition • RCCI • Dual fuel • Direct injection

2.1 Low Temperature Combustion Principle

Presently, internal combustion (IC) engines are the most preferred option for

automotive powertrain. Two commonly used engine types are spark ignition (SI)

and compression ignition (CI) engines, running on gasoline and diesel, respectively.

The CI engines have comparatively higher thermal efficiency due to higher com-

pression ratio and lean (equivalence ratio<1) and unthrottled engine operation.

Therefore, CI engines are preferred choice for medium- and heavy-duty applica-

tions. The in-cylinder NOx, CO and unburned hydrocarbon (HC) formation is

higher in SI engines, and these emissions from tailpipe can be reduced to legislation
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limits level by effective operation of three-way catalytic converter (TWC). The

conventional CI engines have mainly high emissions of NOx and particulate matter

(PM), and also suffer from the NOx-PM trade-off [1]. The regulated limits of NOx

and PM emissions are drastically reduced all over the world in the last 20 years (see

Fig. 1.3). The early emission norms were complied by in-cylinder emission reduc-

tion strategies such as higher fuel injection pressure, exhaust gas recirculation

(EGR), optimal fuel injection timings, improved design of combustion chamber,

boosting intake air, etc., without any exhaust after-treatment technologies [2]. The

present and future emission norms are fulfilled or expected to be accomplished by a

combination of in-cylinder strategies as well as exhaust after-treatment devices.

Adaptation of presently available after-treatment technologies faces challenges of

higher cost, fuel economy penalties, durability issues and larger space requirements

in comparison to the engines without exhaust after-treatment technologies

[3]. Additionally, there is a requirement of higher fuel conversion efficiency at

minimal cost to compete in the market. Consequently, in-cylinder combustion

strategies need to be significantly improved for higher thermal efficiency as well

as further reduction in engine-out emissions so that dependency on the after-

treatment technologies can also be reduced.

In-depth understanding of in-cylinder processes is required for the development

of appropriate technology to meet the present and future emission legislation limits

while maintaining higher thermal efficiency [4]. Various studies are conducted

using advanced laser-based combustion diagnostic techniques to understand the

in-cylinder processes during diesel combustion in CI engines. A conceptual model

for quasi-stationary diesel spray combustion was proposed based on laser sheet

imaging (Fig. 2.1a) [5]. This model presented a liquid fuel penetration length much

shorter than penetration length estimated by earlier studies. Furthermore, no drop-

lets are present in the combustion zone; only fully vaporized fuel is present. Just

downstream of the liquid part of the diesel spray, a rich premixed combustion zone

appeared. Soot particles are formed in regions of locally rich mixture, where fuel

and air first reacted, and then this rich mixture burns out in a high temperature

diffusion flame at the jet periphery, leading to NOx formation [10]. Soot formation

starts in the fuel-rich premixed zone (Fig. 2.1a). Rate of soot formation is dependent

on equivalence ratio in this zone, which is determined by flame lift-off length.

Flame lift-off characteristics play an important role in combustion and emission

processes in diesel engines [11]. Flame lift-off length is the distance between the

nozzle hole and the most upstream part of the turbulent diffusion flame. Most of the

surrounding air entrainments into the jet are through this distance (lift-off length).

Air entrained downstream of the lift-off length reacts (oxygen is consumed) in the

diffusion flame, and therefore entrainment into the jet interior is very limited in the

burning portion of the jet (Fig. 2.1a). Equivalence ratio (φ) inside the jet is lower in
case the more air entrained into the spray up to the lift-off length, which leads to

lesser soot formation [12]. Thus, equivalence ratio at lift-off plays an important role

in soot formation during spray combustion. Flame lift-off characteristics depend on

ambient (cylinder gas) temperature and density, injector orifice diameter, injection

pressure and oxygen concentration [13, 14]. Pickett et al. [13] derived an empirical

relation to estimate lift-off length (H) given by Eq. (2.1):
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H ¼ CT�3:74
a ρa�0:85d0:34U1Z�1

st ð2:1Þ
where C is a proportionality constant, Ta [K] is ambient gas temperature, ρa [kg/m3]

is ambient gas density, d [μm] is injector tip orifice diameter, U[m/s] is injection

velocity and Zst is stoichiometric mixture fraction, which accounts for effects of

Fig. 2.1 (a) Illustration of NOx and soot formation processes in diesel combustion in CI engines

(Adapted from [5–7]). (b) LTC operating region on φ-T map (Adapted from [4, 6, 8, 9])
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ambient gas oxygen concentration. Mean cross-sectional φ of a model jet as a

function of distance from nozzle of injector can be estimated by Eq. (2.2) (proposed

by Naber and Siebers [15]) for quantitative estimate air entrainment effect in spray:

Φ
� ¼ 2 A=Fð Þs

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

1þ 16 x=xþð Þ2
q

� 1

ð2:2Þ
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ffiffiffiffi

ρf
ρa

q
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ca
p

d

tan α
2ð Þ and tan α

2
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1

ρa
ρf

� �0:19
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ρf

q

� �

where ρf and ρa are the fuel and ambient densities, respectively. Ca is the area

contraction coefficient of the nozzle, d is the nozzle hole diameter and α is the jet

spreading angle. Actual equivalence ratio (φ) at flame lift-off length can be

estimated using Eqs. (2.1) and (2.2). This estimated φ can give an idea about the

soot formation during spray combustion.

Computational studies analysed the variations of soot formation on the local

equivalence ratio–temperature (φ-T ) map as depicted in Fig. 2.1b [8, 16]. It is found

that for φ < 2, no soot is formed irrespective of the combustion temperature and no

soot formation is observed below 1500 K irrespective of the φ (Fig. 2.1b). The

maximum soot formation tendency is around 1800–2000 K, and at higher temper-

atures, the sooting tendency is reduced for a given equivalence ratio. The φ-T
correlation is applicable to a homogeneous cylinder charge or the locally homoge-

neous regions of a heterogeneous cylinder charge.

Figure 2.1b illustrates the dependency of the NOx-soot formation and soot

oxidation on the combustion temperature and local equivalence ratio in the cylin-

der. Size and shape of the soot formation area in φ-T map are fuel dependent as

presented by Kitamura et al. [8]. However, the NOx formation area is not fuel

dependent in φ-T map. Figure 2.1b depicts that the conventional SI engine operated

on stoichiometric mixture produce significant amount of NOx emissions (shown in

NOx region in φ-Tmap). In conventional CI engines, combustion reactions start in a

richer mixture (about φ ¼ 4) and complete in a stoichiometric (φ ¼ 1) diffusion

flame [4]. Flame is prone to initialize and propagate towards the locally stoichio-

metric regions. The stoichiometric burning tends to produce very high flame

temperatures. The combustion zones fall in the high soot and NOx formation areas

in φ-T map for conventional CI engines (Fig. 2.1b), which leads to higher NOx and

PM emissions. To reduce the NOx formation, if the combustion temperature is

lowered, then soot formation kinetics is also slowed down [17, 18]. However, at

lower combustion temperature, in-cylinder soot oxidation rate also decreases more

than the formation rates [19], and hence the exhaust gas contains more PM in the

diesel engines. Studies confirm that lowering combustion temperature by using

EGR in CI engines initially increases the emission of PM [20]. For very high EGR

rate operating conditions, soot formation rate can be too low so that PM emission

can decrease even with lower oxidation rates [16, 17, 19, 20]. Another potential

challenge arises by low engine combustion temperature is higher levels of CO and

HC emissions. The CO and HC formations are dependent on temperature and can
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form in lean as well as rich fuel–air mixtures. Higher combustion temperature leads

to near-complete oxidation of CO and HC in leaner conditions, but richer condi-

tions result in partial oxidation of HC to CO resulting into higher CO emissions. At

lower combustion temperature, richer mixture leads to higher CO and HC emis-

sions (Fig. 2.1b). There exists a region in φ-T map with comparatively lower CO

and HC emissions apart from soot–NOx region called low temperature combustion

(LTC) region (Fig. 2.1b). Thus, both NOx and soot formations can be simulta-

neously avoided in LTC, which is inevitable in conventional high temperature

combustion (HTC) processes in compression ignition engines.

In the pursuit of developing an engine having ability to yield ultralow NOx and

soot emission along with higher thermal efficiency, several new CI combustion

strategies have been demonstrated in the last two decades. A common name for

these combustion strategies is LTC mode. Figure 2.2 presents the evolution of

Fig. 2.2 Evolution of different combustion strategies in IC engines

2.1 Low Temperature Combustion Principle 35



different combustion strategies for IC engines. In LTC strategy, adequate premixing

between the fuel and air is created to avoid diffusion combustion in a globally dilute

environment. The combustion of lean fuel–air mixture leads to lower combustion

temperatures in the cylinder. In LTC engines, charge dilution (with either air or EGR)

is typically used to avoid high NOx formation by lowering combustion temperature in

the cylinder. In LTC engines, providing more time (3–20 ms) for premixing fuel and

air evades high soot formation rates due to lower local φ achieved by mixing.

However, overmixing of fuel and air results into very low φ, which leads to very

high HC and CO emission due to very low combustion temperature [6]. In-cylinder

control of soot emissions is a very complex process in LTC engines. Soot emission

depends on quality of fuel–air mixing, combustion temperature and availability of

oxygen in the charge. Therefore, these parameters can be utilized for controlling the

in-cylinder soot formation. Lowering combustion temperature by dilution and

increasing premixing by prolonged ignition delay are two typical methods for soot

control. Another strategy to control the soot emission is by controlling the reactivity

of fuel–air mixture by reformulating the fuel composition (oxygen content, C/H ratio,

octane/cetane) because soot region in φ-T map is dependent on fuel also (Fig. 2.1b).

Most of the LTC concepts have utilized all the three parameters with a special focus

on any one parameter in a particular strategy.

Various LTC concepts have been investigated with several acronyms and names

(Fig. 2.2) in published literature. The LTC strategies can be divided into two main

categories, namely, homogeneous charge compression ignition (HCCI) and partially

stratified charge compression ignition (SCCI) based on degree of premixing of fuel–

air mixture. In the HCCI strategy, charge is well mixed before compression stroke

and engine is operated on lean mixture. In the SCCI strategy, possibly two types of

stratification occur, namely, thermal stratification and fuel concentration stratification

in the cylinder. Thermal stratification is used in thermally stratified compression

ignition (TSCI) and spark-assisted compression ignition (SACI) strategy. Fuel con-

centration stratification is possible by single as well as dual fuel. In the fuel stratifi-

cation category, gasoline partially premixed combustion (PPC) and dual fuel

reactivity-controlled compression ignition (RCCI) are the two main combustion

concepts, which are widely investigated due to their potential of better combustion

phasing control and lower emission along with higher thermal efficiency. In the last

few years, PPC and RCCI strategies gained significant advancement such as multiple

injection, dual direct injection fuel stratification (DDFS), etc. Other combustion

strategies investigated with gasoline-like fuels and different injection strategies are

published with different acronyms such as gasoline compression ignition (GCI), low

temperature gasoline combustion (LTGC), gasoline direct-injection compression-

ignition (GDCI) (see Fig. 2.2). Detailed discussion of all the mentioned LTC strat-

egies is presented in the next sections of the present chapter.
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2.2 Homogeneous Charge Compression Ignition

2.2.1 HCCI Fundamentals

Homogeneous charge compression ignition (HCCI) is one of the engine operating

modes in LTC region (Fig. 2.1b). The HCCI mode means the compression ignition

(auto-ignition/self-ignition) of homogeneous (premixed) fuel and air mixture in the

engine cylinder. Hence, HCCI operating mode exhibits characteristics from both CI

and SI engines. The HCCI operating mode is similar to conventional SI engine in

charge preparation strategy (both modes use premixed charge) and similar to CI

engines in combustion initiation process (in both modes combustion starts with

autoignition). Even though HCCI operation mode called “homogeneous” uses

premixed charge, in real engines, there are always thermal inhomogeneities (due

to wall heat transfer and convection) and fuel concentration inhomogeneities

(difficulties in preparing fully homogeneous charge) [21]. Figure 2.3b shows the

HCCI combustion process vis-�a-vis CI and SI combustion processes. In HCCI

combustion, nearly homogeneous charge (fuel–air mixture) enters in the engine

cylinder during intake stroke (Fig. 2.3a). During compression stroke pressure and

temperature of charge increases, and auto-ignition reactions start when temperature

reaches towards auto-ignition temperature (close to TDC). When auto-ignition

temperature reaches, entire charge in cylinder reacts simultaneously. However,

combustion process takes finite amount of time, even though entire cylinder charge

is active. In-cylinder imaging using laser-induced fluorescence (LIF) of OH radical

(for reaction activity) and planar laser-induced fluorescence (PLIF) of fuel showed

that onset of HCCI combustion has very large local spatial and temporal variations.

These variations are present even with premixed charge created using either

external mixing tank or port fuel injection (PFI) system [22]. Generally, premixed

charge created using PFI has higher inhomogeneity in comparison to premixed

charge created by external mixing tank. Nonoccurrence of simultaneous combus-

tion throughout the combustion chamber is also a result of thermal stratification

caused by wall heat transfer and turbulent mixing during compression stroke, which

is experimentally confirmed by chemiluminescence imaging [23, 24]. HCCI com-

bustion occurs sequentially starting with hottest zone (also referred to as “hot spots”

[25], see Fig. 2.3a) where most favourable conditions for auto-ignition exist,

followed by next hottest zone [21]. Due to the start of exothermic reactions, charge

temperature increases, and hence, oxidation reactions become even faster providing

local positive feedback to the charge temperature [25]. Sufficient time is not

available to distribute all the generated heats (in the hot spot) to surrounding cold

bulk gases (due to fast temperature feedback), which leads to gradual amplification

of small inhomogeneities in the cylinder [24, 25]. The amplification of small

inhomogeneities is confirmed and observed as a large structure in experimental

chemiluminescence images of HCCI combustion. Hot spot size in HCCI combus-

tion is found to be of the same order as the turbulence integral length scale in

combustion chamber [25]. The HCCI combustion changes the combustion
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behaviour during the process, and Hultqvist et al. [24] observed three distinct

combustion modes in the HCCI combustion process. First, the initial combustion

process starts with evenly distributed number of regions in the combustion cham-

ber, where small inhomogeneities in fuel or temperature are favourable to the auto-

ignition reactions. Fuel is gradually consumed by local reactions in these regions

without flame propagation because of no sharp borders are observed between

burned and unburned gases, and the fuel concentration gradually decreases with

little or no expansion of the reaction zone. Second, increased chemical activity is

due to the start of exothermic reactions lead to positive feedback to the charge

temperature. The initial ignition kernels grow larger as combustion progresses.

Study also suggested that the number and locations of kernels are reliant on global

parameters like distribution of air, fuel, residual gas and charge temperature. Third,

the formation of new ignition kernels at locations that have become favourable

because of the global temperature and pressure rise is due to combustion progress.

Fig. 2.3 (a) The HCCI combustion process. (b) Combustion process comparison of SI, CI and

HCCI engines in four-stroke cycle
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These new ignition kernels grow until they merge with other kernels in the

combustion chamber.

Due to combustion progress in entire combustion chamber, combustion duration

is comparatively shorter in HCCI engine, and combustion occurs close to TDC

position. Work is obtained in expansion stroke, and cycle is completed by exhaust

stroke similar to conventional engine by expelling the exhaust gases out of the

cylinder (Fig. 2.3a). Comparison of HCCI, CI and SI combustion in a four-stroke

cycle is presented in Fig. 2.3b. In HCCI operation mode, power output is controlled

by varying the fuel flow rate, and engine is operated unthrottled similar to CI

engines. The HCCI engine is operated on globally leaner mixture in order to control

the combustion rate, which leads to lower combustion temperature. Premixed

charge and lower combustion temperature in HCCI combustion process leads to

ultralow NOx and soot emissions. However, HCCI engines emit comparatively

higher HC and CO emissions, which can be easily mitigated by oxidation catalyst.

There is no direct control on ignition timing and combustion rate in HCCI com-

bustion process similar to direct control of spark timing and injection timing in the

conventional engine combustion processes. In HCCI engines, combustion timing

and combustion rate are governed by chemical kinetics [26, 27]. The HCCI

combustion process does not have either visible flame propagation (like SI engines)

or highly stratified diffusion combustion (like diesel engines). Idea of flame prop-

agation in HCCI combustion process is rejected by analysing the PLIF and chemi-

luminescence images as new “hot spots” generated randomly and the structures

appeared in the images are not moving from image to image [23, 24]. A study

summarized the two main combustion chamber condition requirements for the

HCCI combustion process as follows: (i) auto-ignition temperature of premixed

charge should be reached towards the end of compression stroke, and (ii) the fuel–

air mixture should be diluted enough either by air or residuals to achieve reasonable

HCCI combustion rate [25].

Historically, combustion process similar to HCCI combustion is known from last

more than 100 years [28]. A hot-bulb two-stroke oil engine was designed where

premixed vaporized fuel–air mixture was created in a heated prechamber by

injecting fuel onto the surface of hot bulb. Fuel–air mixture created in prechamber

was autoignited in the main chamber (cylinder) [28]. Another study achieved

controlled autoignition in cylinder by injecting active species created from partially

burned mixture in a prechamber [29]. In the early investigations of HCCI combus-

tion process, the most recognized and first systematic studies were conducted on

two-stroke engines [30, 31]. To overcome the problems of two-stroke engines (high

residuals at low loads and tendency for run-on combustion), Onishi et al. developed

a combustion process named “active thermo-atmospheric combustion (ATAC)”

which depends on high residual levels and high initial charge temperature

[30]. They found significant improvement in fuel economy and significantly

lower emissions in ATAC mode. Concurrent with this study, Nouguchi et al.

conducted spectroscopic analysis of combustion process in opposed piston

two-stroke engine named Toyota-Soken (TS) [31]. They noted the overall fast

combustion rate, excellent fuel economy and lower engine emissions. Study
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detected the high levels of intermediate species (CH2O, HO2 and O radicals) well

before auto-ignition in the combustion chamber, which was the result of low

temperature oxidation chemistry of larger paraffinic hydrocarbon fuels. After the

start of combustion, high concentrations of CH, H and OH radicals are found, which

indicates high temperature oxidation chemistry during bulk combustion. After

pioneering the work of Onishi and Noguchi, several follow-up studies were

conducted [32–34], and first production of two-stroke HCCI engine was developed

with combustion name “active radical combustion (ARC)” [35, 36]. Based on

previous investigations on two-stroke engine, Najt and Foster conducted first

study on four-stroke engine to advance the understanding of underlying physics

of HCCI combustion [37]. Another study further extended the HCCI combustion

investigation on four-stroke engine, and first introduced the terminology “homo-

geneous charge compression ignition (HCCI)” [38]. Since the 1990s, the HCCI

combustion had developed into a great research topic worldwide [39–41]. The

HCCI combustion process is also known with another terminology called “con-

trolled auto-ignition (CAI)” process [42]. The CAI process used variable valve

timing (VVT) to trap large amount of residual gases in chamber to achieve auto-

ignition of premixed gasoline in the cylinder. In CAI process, ignition timing is

controlled by amount of residual gases trapped in the cylinder.

The HCCI engine operation has been investigated with significant success in

two-stroke and four-stroke engines using liquid and gaseous fuels [40–43]. Both

gasoline-like fuels and diesel-like fuels can achieve the HCCI combustion using

appropriate strategies for charge preparation (see Chap. 4) and combustion phasing

control strategy (see Chap. 5). Volatile fuels make premixed charge preparation

strategy simple and easier (PFI, fumigation). Less volatile fuels require com-

plex fuel injection strategies (direct injection) for charge preparation. To achieve

auto-ignition in the combustion chamber, several actuation strategies such as

variable compression ratio (VCR), intake heating, VVT, EGR, etc. are used, though

each technique has its own merits and demerits [44]. Auto-ignition characteristics

in HCCI combustion process also depend on fuel, and HCCI combustion charac-

teristics are governed by fuel oxidation chemistry [41]. Auto-ignition of different

fuels is achieved through few categories of reaction pathways characterized by

temperature range over which certain reactions occur.

2.2.2 HCCI Auto-Ignition and Heat Release

Autoignition quality of the fuel is an important factor that influences all the current

HCCI engine designs. Auto-ignition can be defined as the ignition of a fuel–air

mixture because of heat produced from exothermic oxidation reactions without the

involvement of external energy sources such as a spark or a flame [45, 46]. The

HCCI engine operation has been achieved with fuels having a wide range of auto-

ignition properties ranging from higher octane gasoline-like fuels to higher cetane

diesel-like fuels. Several studies used primary reference fuels (PRFs) containing a
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blend of n-heptane and iso-octane for investigation of fundamental HCCI combus-

tion characteristics [47, 48]. Generally, iso-octane is used as a surrogate for

gasoline and n-heptane is used as surrogate fuel for diesel. Auto-ignition charac-

teristics of fuel or fuel constituent in HCCI engine operation can be typically

categorized into single-stage ignition and two-stage ignition process [49]. Figure 2.4

demonstrates the two different types of ignition in HCCI combustion for two

different auto-ignition characteristics of fuels. Two-stage ignition fuel has separate

region with a small heat release in low temperature regime around 10–20 CAD

before the main heat release in high temperature regime. The time delay between

two stages of heat release is known as “negative temperature coefficient (NTC)”

regime. However, single-stage ignition fuels do not have early heat release region.

Typically, lower octane fuels (less auto-ignition resistant) such as diesel, n-heptane,

PRF80 (80% iso-octane and 20% n-heptane) and DME exhibit two-stage ignition,

while higher octane fuels (high auto-ignition resistant) such as ethanol, methanol,

butanol, iso-octane and natural gas typically exhibit single-stage ignition [27, 39,

51]. It is important to note that the main autoignition process does not take place

instantaneously for both types of fuels. In single-stage auto-ignition fuels, oxidation

reactions start progressively once charge temperature reaches around 950–1050 K

due to compression of the charge by piston [49, 50]. The charge temperature

initially increases slowly because of intermediate temperature heat release

(ITHR) reactions [49, 52], and after attaining the thermal runaway point, charge

temperature increases quickly because of the high temperature heat release (HTHR)

reactions [49]. In two-stage auto-ignition fuels, low temperature heat release

Fig. 2.4 Illustration of single- and two-stage heat release in HCCI combustion for two different

fuels (Adapted from [50])
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(LTHR) or “cool-flame” oxidation reactions take place at the start of ignition when

temperature is in the range of 760–880 K before attaining the ITHR phase

[53]. After LTHR, similar to single-stage heat release, ITHR takes place in

two-stage ignition fuels also. The HCCI engine operation by two-stage ignition

fuels needs lower charge preheating or lower compression ratios because LTHR

raises the charge temperature in the cylinder [49].

Combustion/oxidation of hydrocarbon fuels occurs through a classical chain

reaction mechanism consisting of several individual reactions with many interme-

diate species created during oxidation reaction, which converts fuel into combus-

tion products. Individual reactions during combustion are also known as elementary

reactions. Typically, four fundamental types of elementary reactions, namely,

initiation, propagation, branching and termination reactions, occur during combus-

tion. Elementary initiation reactions produce unstable radical species from the

breakdown of stable species. The step in which free radical produces another

radical by reaction is called chain propagation reaction. There is no change in the

radical concentration in chain propagation reactions. Reactions producing more

free radicals than consumption of radicals are known as chain branching reactions,

and this type of reactions results in very high combustion rates. When entire

reactants are consumed, free radicals combine with one another to produce stable

species by terminating the reactions known as chain termination reactions [54].

During the compression stroke, temperature inside the cylinder increases grad-

ually, and no significant reaction occurs until the charge temperatures reach about

550 K [51]. As piston further moves towards TDC (charge temperature further

increases), first initiation reactions create small amount of radical species, which

abstract hydrogen atom from fuel molecule at temperature below 850 K leading to

production of alkyl radicals (R�) by reaction R1 [27]:

RHþ OH� ! R � þ H2O R1ð Þ
where radical species are denoted as the “�” symbol next to character. Different

molecular structures of paraffin lead to the different types of alky radicals by

hydrogen abstraction. The alky radicals are consumed in two parallel paths

shown by reactions R2 and R3 [55]. One pathway is to produce a conjugate olefin

and a hydroperoxy radical (from reaction R2), and an alternative other pathway is to

form alkylperoxy radical (RO2�) by reaction R3.

R � þO2 ! olefinþ HO2 � R2ð Þ
R � þO2 $ RO2 � R3ð Þ

The reaction R3 is a reversible reaction, and very important reaction for the

HCCI auto-ignition process. Reaction R3 has different reaction rates constant in

reverse and forward directions. Reverse reaction requires high activation energy

because the oxygen–alkyl radical bond must be broken to proceed the reaction.

However, forward reaction needs lower activation energy to proceed the reaction,

and hence its rate is affected only by the concentration of alkyl radical and oxygen

[51]. Equilibrium of the reversible reaction R3 depends on both the temperature and
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pressure of cylinder. At higher temperature, equilibrium shifts towards reac-

tants side because reverse reaction is faster than forward reaction. In this condition,

concentration of alkylperoxy radical decreases drastically, and low temperature

chain branching reactions are quenched leading to very low combustion rate

[51]. This phenomenon is responsible for NTC regime in HCCI combustion using

two stage heat release fuel.

The alkylperoxy radical undergoes internal isomerization by the oxygen

abstracting a hydrogen atom from a C–H bond elsewhere within the oxygen

molecule to form a hydroperoxyalkyl radical (�QOOH) [55]:

RO2� ! �QOOH R4ð Þ
The succeeding reactions of the �QOOH depend on the structure of the �QOOH,

and several possibilities exit for the next reaction. The �QOOH radical is consumed

through two basic routes [55]. In the first route, an OH� radical is produced when

�QOOH radical either spontaneously decomposes into a lower-molecular-weight

alkene or forms a cyclic ether and OH� radical (R5):

�QOOH ! CARBONYLþ R0 � þ OH � R5ð Þ
In the other route, the �QOOH radical undergoes a second oxygen addition to

form a hydroperoxyalkylperoxy radical (�OOQOOH), followed by an internal

hydrogen atom abstraction to produce an alkyl hydroperoxide which decomposes

into an aldehyde and two OH� radicals (R6–R7):

�QOOHþ O2 $ �O2QOOH R6ð Þ
�O2QOOH ! HOOROOH ðR7aÞ

HOOROOH ! RCHOþ R
0
Oþ OH � þ OH � ðR7bÞ

It can be noticed that reaction R6 is also a reversible reaction and has similar

characteristics of reaction R3. Equilibrium of these reactions depends on pressure

and temperature of the combustion chamber, and when charge temperature reaches

about 800–850 K, the net addition reactions of oxygen molecule to radicals

completely stop. Silke et al. also confirmed that reactions R3 and R6 had the largest

effect on the required BDC temperature for constant combustion phasing at differ-

ent boost pressure conditions because LTHR affects the requirement of inlet

temperature for the auto-ignition of fuels in HCCI engines [56]. Reactions R1–R7

define the low temperature oxidation mechanism of a large paraffinic fuel.

Figure 2.5 summarized the reaction pathway at different temperature ranges for

oxidation of n-heptane [57, 58].

Due to further increase in compression temperature (above 850 K) intermediate

temperature regime reaction R2 produces more olefinic hydrocarbons and

hydroperoxy radicals (HO2�). Hydrogen peroxide (H2O2) formation becomes sig-

nificant by HO2� radicals by abstracting hydrogen atom from fuel (by reaction R8),

and concentration of H2O2 increases gradually until charge temperature reaches to

1000 K [51]:

2.2 Homogeneous Charge Compression Ignition 43



RHþ HO2� $ R � þH2O2 R8ð Þ
Further increase in the charge temperature (above 1000 K) leads to the decom-

position of H2O2 into hydroxyl radical by reaction R9, and this process quickly

releases amount of hydroxyl radical resulting into higher overall reaction rate and

heat release:

H2O2 þM ! OH � þOH � þM R9ð Þ
The decomposition of H2O2 into OH radicals and their consequent reactions

leads to the increase in charge temperature, which further accelerates the decom-

position of H2O2. This phenomenon leads to an auto-ignition process, which

increases the temperature above 1200 K in the high temperature reaction regime

[27]. Figure 2.6 presents the experimental and simulated distribution of H2O2 and

HO2 in the cylinder with respect to crank angle (CA) position in HCCI engines

[59]. It is observed that concentration of H2O2 is higher during intermediate heat

release stage. Another consequence of the hydrogen peroxide branching reaction is

that the intermediate and hot ignition temperatures are comparatively independent

of the fuel characteristics [27].

The high temperature oxidation of hydrocarbons can be described in sequential

three steps [55] shown in reaction R10. First parent fuel is converted into lower

hydrocarbon and then, intermediate species further converted to produce CO and

water. Lastly, CO is oxidized to CO2 releasing large fraction of heat energy:

RHþ OH� ! R0 � R0 � þH2O ! COþ H2O ! CO2 þ heat R10ð Þ

Fig. 2.5 Reaction pathways of n-heptane oxidation at various temperature ranges [57, 58]
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The important chain carrying radicals in high temperature regime are OH, H and

O [55]. These radicals are very reactive, and hence, hydrocarbon oxidation rates are

extremely fast. The important chain branching reactions in the high temperature

regime are R11, R12 and R13:

H � þO2 ! OH � O � R11ð Þ
O � þH2 ! OH � þH � R12ð Þ

H2Oþ O� ! OH � þOH � R13ð Þ
The final stage of the energy release at the high temperature is the oxidation of

CO, and principal reactions involved in CO oxidation are R14, R15 and R16 [55]:

COþ OH� ! CO2 þ H � R14ð Þ
COþ HO2� ! CO2 þ OH � R15ð Þ
COþ O � þM ! CO2 þM R16ð Þ

At high temperature, OH� (R14) mainly consumes the entire CO and other

reactions have only small contribution in CO oxidation.

Different chemical kinetic mechanisms are used to analyse combustion charac-

teristics and auto-ignition timings for various fuels. Chemical kinetic mechanisms

can be grouped into four general classes: (i) single-step mechanism (no elementary

reactions), (ii) generalized mechanisms (no track of individual reactive species),

(iii) reduced mechanisms and (iv) detailed mechanisms. First two types of mech-

anisms are empirical approaches. Reduced mechanisms are derived from detailed

mechanisms by conducting the sensitivity analysis. Sensitivity analysis determines

Fig. 2.6 Variation of measured and simulated H2O2 and HO2 with crank shaft position in HCCI

engine [59]
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the most important reactions for a given process. Detailed mechanisms are the most

complex reaction mechanism. Detailed oxidation mechanism attempt to incorpo-

rate all the chemical details consisting hundreds of species, well over a thousands of

elementary reactions [55]. To understand the heat release process or predict the

emissions from HCCI combustion, detailed mechanism or appropriately reduced

mechanism is essential. Mostly surrogate fuels are used for chemical kinetic

analysis consisting of n-heptane and/or iso-octane. Figure 2.7 presents a proposed

reduced oxidation reaction mechanism for mixtures of n-heptane, and iso-octane in

HCCI combustion consists of 32 species and 55 reactions [48]. The reaction

mechanisms for both paraffins are quite similar. The figure shows that the HCCI

combustion occurs, when H2O2 starts to decompose at a significant rate (which

triggers ignition) and produce OH radicals.

The high octane industrial gasoline exhibits different characteristics than PRFs

in HCCI ignition process. An industry average gasoline consists of roughly 60%

paraffins, 10% olefins and 30% aromatics [60]. Aromatic reactions play an impor-

tant role in gasoline auto-ignition process. Figure 2.8a depicts the heat release curve

for gasoline at three different equivalence ratios in HCCI engine operated at an inlet

temperature of 70 �C and compression ratio of 13.5 [61]. Figure depicts three

different stages of heat release: (i) weak cool flame heat release (denoted as C),

Fig. 2.7 Reduced oxidation mechanism of n-heptane and iso-octane mixtures in HCCI combus-

tion [48]
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(ii) in-between pre-ignition (denoted as P) and (iii) final ignition (denoted as F). To

explain this phenomenon, chemical kinetic simulation is conducted using gasoline

95 (gasoline octane number 95), PRF95 (contains 95% iso-octane and 5%

n-heptane) and a surrogate fuel containing 11 vol% n-heptane, 59 vol%

iso-octane and 30 vol% toluene. It is found that gasoline 95 and surrogate fuel

show similar three-stage heat release which is not there in PRF95 [61]. A phenom-

enon called “obstructed pre-ignition (OPI)” is defined, which is responsible for

delay in the final ignition of gasoline and surrogate. Typically, HTHR occurs due to

decomposition of H2O2 leading to formation of large amount of OH radicals. This

process is obstructed by consuming the OH radicals in formation of relatively stable

benzyl radical by toluene present in the fuel. The benzyl radical formation competes

with the reaction of OH radicals with the other alkanes and olefins. Therefore,

benzyl radical acts as a sink for the OH radicals formed in the cylinder, which leads

to reduction in the combustion rate that delayed the final heat release [61].

Figure 2.8b summarized the autoignition process of surrogate fuel consisting of

n-heptane, iso-octane and toluene. The figure depicts the influence of the obstructed

pre-ignition phenomenon with the most important reactions and species (shown

within a dashed square). The obstructed pre-ignition heat release occurs between

the cool flame and final ignition stages in gasoline as well as three-component

surrogate fuel of gasoline (containing toluene). This type of heat release is not

observed in the fuel PRF95 (containing n-heptane and iso-octane) having same

Fig. 2.8 (a) Comparison of the heat release rates at three equivalence ratios for gasoline 95 in

HCCI engine [61]. (b) Summary of the reaction pathway showing the interaction of the

“obstructed pre-ignition” phenomenon in HCCI combustion [61]
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octane number. This observation indicates that toluene has an important role in the

chemical kinetics of the gasoline autoignition.

Understanding of ignition characteristics and heat release process is important

for effective control and operation of HCCI engine. The ignition characteristics can

also be altered by changing the fuel composition. For example, the ITHR is induced

Fig. 2.8 (continued)

48 2 Low Temperature Combustion Engines



by adding small amount of n-heptane in ethanol mixtures [62]. The ITHR can play a

key role in sustaining high load HCCI engine operation at retarded combustion

phasing [62, 63]. To achieve higher engine load in HCCI engine, a large amount of

fuel needs to be burned in cylinder, which results into very high pressure rise rate

and excessive noise. To avoid the very high combustion rate, combustion phasing

needs to be delayed after TDC. The cylinder volume expansion after TDC tries to

cool down the charge before HTHR. This charge cooling can be avoided by ITHR,

which can allow charge temperature to keep increasing shortly after the TDC.

Hence, HCCI combustion can be achieved at delayed combustion phasing for

fuels with ITHR. A study investigated the ITHR using ethanol and n-heptane

mixture in HCCI combustion, depicts that ITHR can be in the range of 2–5% of

total heat release. Figure 2.9 shows the variations of ITHR with the n-heptane

percentage in fuel–air mixture for different boost pressures in HCCI engine

[62]. The ITHR is found minimal at pure ethanol case, and moderate (2–3%) up

to 35% n-heptane in the mixture. When n-heptane percentage increases more than

35, ITHR rapidly increases to 5% of total heat release.

Reactions responsible for ITHR are investigated by chemical kinetic analysis.

Figure 2.10 exhibits the contribution of different reaction groups in heat release rate

with respect to crank shaft position for different compositions of n-heptane at intake

pressure of 2.2 bar and φ ¼ 0.4 [62]. The reactions are grouped according to the

number of carbon atoms in the oxidized species, namely, C1–C2, c1–c2, C3–C4 and

C7. Again, “C1–C2” denotes species with carbon derived from n-heptane, and “c1–

c2” is for species with carbon derived from ethanol. Another study also suggested that

Fig. 2.9 ITHR as a function of n-heptane percentage in fuel and intake pressures (φ ¼ 0.4 and

CA50 ¼ 10 �aTDC) in HCCI combustion [62]
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the number of carbons in the hydrocarbon species undergoing partial oxidation is

correlated with primary heat-releasing reactions. Reactions consisting of small mol-

ecules (zero, one and two carbon atoms) produce heat at different crank angle

positions and magnitudes, than species with three and four carbon atoms, and they

also show different trends than larger hydrocarbons (five or more carbon atoms) [49].

In case of pure ethanol, very low ITHR observed (Fig. 2.10a) and ethanol

reactions c1–c2 are the largest single groups of heat-producing reactions in 25%

n-heptane case (Fig. 2.10b). At the 45% n-heptane, a more prominent ITHR

characteristic is noticed, which is correlated with an increase of both heptane

oxidation reactions and mostly ethanol oxidation reactions. A shift from ITHR to

LTHR characteristics is noticed at 55% the n-heptane fraction, and this character-

istic corresponds to an increase in importance of C1–C2 reactions (derived from

n-heptane). However, heat release in ethanol reaction groups also increases. It is

concluded that the blending of the highly reactive fuel increases the ITHR and at

very high blend percentage, LTHR can also be triggered. The ITHR can be

generated by adding small amount of reactive fuel, in the parent fuel, which does

not exhibit ITHR characteristics in HCCI combustion [62].

Fig. 2.10 Variation of heat release rates in HCCI combustion for (a) 100% ethanol, (b) 25%

n-heptane, (c) 45% n-heptane and (d) 55% n-heptane from various reaction groups [62]
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2.2.3 HCCI Advantages and Challenges

The HCCI combustion process attracted the attention of researchers from the last

few decades due to their benefits of higher thermal efficiency along with simulta-

neous reduction of NOx and PM to a ultralow levels. The level of benefits gained

from HCCI combustion process depends on the fuel and strategy used to achieve the

auto-ignition in the engine cylinder. Figure 2.11 presents the main advantages and

challenges of HCCI combustion process in IC engines. One of the main strengths

and benefits of HCCI engine is the higher thermal efficiency. The main factors

affecting the thermal efficiency of engine are compression ratio, pumping loss,

specific heat ratio, heat transfer from combustion chamber, gas molecular dissoci-

ation, combustion phasing and mechanical friction [64]. The first three factors

(higher compression ratio, lower pumping loss, higher specific heat ratio) leading

to higher thermal efficiency are common to HCCI and conventional CI engines. The

conventional CI engines have higher thermal efficiency because of engine operation

at higher compression ratio, lower pumping loss (due to unthrottled operation) and

higher ratio of specific heat (due to lean engine operation). The HCCI engines are

operated at lower combustion temperature leading to lower heat transfer loss and

less dissociation of gas molecules. Additionally, premixed charge ignition leads to

Fig. 2.11 The HCCI engine advantages, major challenges and their proposed solutions
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sootless (smokeless) combustion, which also reduces the radiation heat loss in

HCCI engines. Combustion phasing dictates the thermal efficiency by its effect

on combustion timing loss and heat transfer [64]. The HCCI combustion has

smaller combustion duration because of simultaneous ignition of entire charge in

the cylinder, which leads to near constant volume combustion cycle. Constant

volume combustion in HCCI engine also contributes to higher thermal efficiency.

Mechanical friction leads to reduction in brake thermal efficiency of engine.

Mechanical friction mainly depends on the peak cylinder pressure and engine

speeds. Generally, advantage of lower mechanical friction depends on compression

ratio of engine used for HCCI combustion process.

Another major strength of HCCI combustion engine is simultaneous reduction of

NOx and PM emission to ultralow levels due to lower combustion temperature

(lower NOx formation reactions) and premixed charge (lower soot formation due to

absence of local rich zone in charge) operation in LTC region (Fig. 2.1). The HCCI

combustion process has fuel flexibility to operate on both gasoline-like and diesel-

like fuels. To operate on particular fuel, suitable auto-ignition control strategy

needs to be used. In advanced compression ignition engines such as HCCI and

extended HCCI, required fuel reactivity is converging to in-between reactivity of

gasoline and diesel (see Fig. 1.13). Higher fuel economy is achieved in HCCI

engines due to higher thermal efficiency. The HCCI engines have higher part load

efficiency and limited operating range. This characteristic makes HCCI engine well

suited for hybrid electric vehicles (HEVs), where lower-power engine is required

and engine can avoid the transient operation. Therefore, HCCI can offer higher fuel

economy and is a potential candidate for HEVs [65].

Although HCCI combustion has advantages over conventional engines, it also

has several technical challenges (Fig. 2.11) that need to be addressed before

utilizing it for production engines. One of the main challenges in HCCI combustion

is to control the combustion phasing, which governs the combustion rate and peak

pressure in the cylinder. As discussed (Sect. 2.2.2), HCCI combustion timing is

governed by chemical kinetics, and there is no direct control over the combustion

phasing. Hence, simultaneous ignition of entire charge in the cylinder leads to very

high combustion rate especially at higher engine loads, where large amount of fuel

needs to be burned. The main factors affecting HCCI ignition timings and combus-

tion rate are mixture auto-ignition properties and mixture temperature history in the

cylinder. Mixture auto-ignition properties are affected by type of fuel, fuel concen-

tration, fuel additives and reforming, blending of two or more fuels, residual (and/or

EGR) rate and reactivity of residuals [55]. Similarly, mixture temperature history in

the cylinder is affected by intake conditions (temperature and pressure), EGR and/

or residual, thermal barriers, boosting, in-cylinder fuel injection timings, water

injection, compression ratio, latent heat of vaporization of the fuel, coolant tem-

perature, heat transfer from engine components, engine speed and load conditions

[55]. Hence, actuation methods that affect the stated parameters can be used to

control the combustion timings and combustion rate in HCCI engine. The proposed

actuation strategies for controlling the HCCI combustion phasing are VVT and

residual/exhaust gas trapping, VCR, variable EGR, modulation of intake
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temperature, water injection, in-cylinder injection timings, variable coolant tem-

perature and modulating two or more fuels [66]. Although there exists the sufficient

number of proposed strategies to control the combustion phasing in HCCI com-

bustion, every strategy has its own operating limits due to thier response time,

on-board control on engine, etc.

The other major challenge is to extend the limited HCCI operating range, while

maintaining the full advantages of HCCI combustion. To achieve higher engine

load operation, comparatively larger amount of fuel needs to be burned at appro-

priate combustion timings. Due to oxidation reactions in entire cylinder simulta-

neously, very high pressure rise rate is observed at higher engine load, which also

leads to higher pressure oscillations, combustion noise and higher NOx emissions.

High pressure rise rate limits the power output and defines high load boundary

(upper operating limit) of HCCI engine operation. Additionally, lower load oper-

ation is also limited, which defines lower operating limit. At low engine load

operation, insufficient temperature is achieved to activate auto-ignition of the

mixture, which results into emissions of higher CO and HC [40]. Parameters

affecting high load limit are systematically investigated. Several strategies are

proposed to extend the upper limit of HCCI engine operation. Fundamental param-

eters affecting high load HCCI operation are fuel properties and chemical kinetics

(LTHR, ITHR and HTHR), in-cylinder charge conditions (residuals, charge and

thermal stratification), combustion timing and heat transfer [27]. Solutions pro-

posed to extend HCCI operating range are boosting intake air (turbocharging/

supercharging), engine operation in dual mode (SI–HCCI or CI–HCCI), spark-

assisted HCCI, charge stratification and late combustion phasing engine operation.

Another major issue with HCCI engines is the higher CO and unburned HC

emissions especially at lower and moderate engine loads. Higher unburned HC and

CO emissions mainly occur because of lower combustion temperature due to lean–

burn or highly diluted charge combustion. The fuel conversion efficiency is also

hampered by higher HC and CO emissions at low engine load conditions. The

CO-to-CO2 conversion reactions are sensitive to temperature and oxygen availabil-

ity in the cylinder (Fig. 2.1), and high temperature is required to oxidize CO in to

CO2 (Sect. 2.2.2). Exhaust after-treatment by oxidation catalyst is one of the best

proposed methods for reduction of HC and CO from HCCI engines. However,

oxidation catalyst with low catalyst light-off temperature is required for HCCI

engines due to lower exhaust gas temperatures particularly at lower engine loads.

There exist methods to reduce catalyst light-off time, which can be used to achieve

the required operating temperature of catalytic converter [67–69]. Other strategies

proposed for reduction of HC emissions are wall insulation, catalyst coating and

reduced piston topland crevices [55].

In HCCI engine, the problem of weak cold start capability exists because auto-

ignition process is very sensitive to intake charge temperature. Initial charge

temperature needed for auto-ignition is dependent on fuel properties and engine

operation conditions. At cold start conditions, charge temperature is very low, and

heat transfer loss from compressed charge is also higher due to colder cylinder

walls [40]. Without any compensating mechanism for low lower charge
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temperature, initiation of combustion is very difficult, and it can lead to misfire.

Several strategies are proposed to address the cold starting in HCCI engines such as

using glow plugs, increasing the compression ratio using VCR or VVT and using a

different fuel or fuel additive. The most practical approach to address the cold start

in HCCI engine is to start the engine in conventional SI or CI mode, and switch to

HCCI mode after warm-up [40, 66]. Effective premixed charge preparation and

avoiding fuel–wall interactions are essential in HCCI engine for higher fuel con-

version efficiency and lower emissions. This issue typically comes up for poor

volatility diesel-like fuels in HCCI engine because charge inhomogeneity affects

the auto-ignition process and governs the ignition timing in HCCI engine. To

prepare sufficiently premixed charge in HCCI engine, port injection of volatile

and gaseous fuel, and early in-cylinder injection with sophisticated fuel injector for

less volatile diesel-like fuels are proposed [66].

2.2.4 Parameters Influencing HCCI Combustion

2.2.4.1 Equivalence Ratio

The amount of fuel burned in the cylinder mainly controls the power obtained from

HCCI engine. In HCCI engine, throttle is not used to control the inducted air

quantity; therefore changing the quantity of fuel at different engine loads leads to

the change in equivalence ratio. To represent the quality of fuel–air mixture with

respect to stoichiometric air–fuel ratio, two metrics, namely, equivalence ratio (φ)
and relative air–fuel ratio (λ), are typically used. These two parameters are

inversely correlated (φ ¼ 1/λ) with each other. Figure 2.12 presents the effect of

λ on in-cylinder pressure and heat release rate (HRR) in HCCI combustion at

constant intake air temperature. Figure shows that maximum cylinder pressure

(Pmax) and maximum HRR (HRRmax) increase as mixture becomes richer (lower

λ values). Maximum pressure rise rate (PRRmax) is also very high for richer mixture

operation of HCCI combustion because higher quantity of premixed fuel is burned

simultaneously in the cylinder. Combustion duration also decreases with richer

fuel–air mixture, and lowest combustion duration (<10 CAD) observed for richest

mixture (λ¼ 2.0). Combustion phasing becomes very late for leaner mixture, which

leads to lower HRR. Chances of misfire increases for very lean conditions in HCCI

combustion. The combustion phasing advances with richer fuel–air mixture, and

increasing λ from 2.0 to 2.6 (towards leaner mixture) leads to the decrease in

HRRmax by an order of magnitude (Fig. 2.12).

The main factors affected by a change in equivalence ratio (quantity of fuel per

cycle) are the temperature and composition of the residuals, wall temperatures and

related heat transfer rates, heating/cooling during induction, burn duration and

combination of chemical–kinetic and thermodynamic properties of the charge

mixture [71]. During HCCI combustion operation, increase in fuelling rate (or φ)
also leads to increase in the residual and cylinder wall temperatures. To understand
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the individual effect of these parameters, studies used (i) alternate firing operation

to remove changes in wall temperature and residuals [71–73] and (ii) a method for

determining the effective intake temperature to remove the effect of heating/

cooling during induction of charge [71]. Figure 2.13 presents variations in crank

Fig. 2.13 Variations in CA10 for iso-octane with fuelling for the continuously fired, fire 19/1 and

fire 18/2 schemes with a constant Tin ¼ 155 �C, and for gasoline and PRF80 with fuelling fire 19/1
scheme (Adapted from [71])

Fig. 2.12 Variations of in-cylinder pressure and HRR at constant intake air temperature using

gasoline HCCI combustion (Adapted from [70])
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angle position for 10% heat release (CA10) with alternate firing schemes for

different fuels at constant intake temperature (Tin) [71]. The key advantages of

conducting experiments at constant Tin are as follows: (i) it shows the response of
HCCI combustion to rapid change in equivalence ratio without Tin adjustment;

(ii) heat transfer during induction does not vary with φ for constant wall temper-

ature case. In alternative firing schemes (19/1 or 18/2), engine was operated on

19 or 18 cycles on constant equivalence ratio (φ ¼ 0.2), and then remaining 1 or

2 cycles (where measurements are conducted) at equivalence ratio of interest and

sequence repeats after 20th cycle. More details of alternate firing strategy can be

found in original study [71]. Variations in wall temperature (Twall) and residuals are
removed together by using the 19/1 scheme. In this scheme, 20th cycle has the same

wall temperature and residual for all the tested φ. In 18/2 firing scheme (two cycles

are fired at the desired φ and data is taken for 20th cycle), Twall can be kept

approximately constant, and the acquired cycle has residuals of 19th cycle which

is typically present in continuous firing at the desired φ for which measurement is

taken. Figure 2.13 shows that the start of combustion (CA10) for iso-octane

becomes more retarded almost linearly as φ is increased at constant Tin, when the

effect of variables Twall and residuals are removed using the 19/1 firing scheme. It

means the higher requirement of Tin with increase in φ for constant CA10 phas-

ing using iso-octane fuel because of lower combustion temperature due to the

reduction in ratio of specific heat (γ) as more fuel is added at higher φ. Gasoline
data (19/1 firing) is also fairly linear but the slope is less than iso-octane as γ is

similar. For PRF80 in 19/1 firing, effect of γ is similar to iso-octane, however strong

cool flame kinetics advances the CA10 phasing with φ, particularly φ>0.16

(Fig. 2.13). The 18/2 firing scheme data (for iso-octane) trend follows closely

19/1 scheme data than to the continuously fired data. It means that under normal

continuous fire conditions, the changes in Twall with φ have a larger effect on CA10

than the effects of residuals [71]. This can be justified for typical low residual

engines, as generally residual mass fraction is low (5.5% for the test case).

The CA10 phasing is a good measure of start of combustion and hence useful in

isolating the effect of fuel chemistry (auto-ignition chemistry and thermodynamic

properties) on ignition. However, the effect of changing equivalence ratio on CA50

(crank angle position corresponding to 50% heat release) phasing is important from

an engine performance perspective. Figure 2.14 shows the variations in CA50

phasing for continuously fired and constant Twall and residual (19/1 scheme)

using three different fuels in HCCI combustion. The 19/1 scheme data at constant

Tin presents the immediate response of combustion phasing to a rapid change in φ.
This observation is useful for interpretation of fast transient operation where Tin and
Twall not necessarily vary at that pace. The shift in CA50 phasing with φ can be taken

as a measure of the amount of compensation immediately required for constant

phasing operation of engine with a change in load/fuelling. For each fuel, combus-

tion phasing advances with increase in φ with different sensitivities for each fuel.

Figure 2.14 presents the magnitude of the effects of fuel type on CA50 (or the

required compensation) during a fuelling transient. It was found that iso-octane

needs essentially no immediate compensation to maintain the CA50 at TDC, and
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only a relatively small amount of compensation after Twall equilibrates. Gasoline
also shows similar trend with little more variation in CA50 with φ than iso-octane as

both fuels do not show cool flame chemistry [71]. This observation indicates that

controlling combustion phasing during fuelling transients should be relatively easy

and straightforward for iso-octane or gasoline. The PRF80 data exhibits substantial

changes in the CA50 with φ (Fig. 2.14) due to the significant cool flame chemistry.

This means substantially more temperature compensation would be required to

maintain constant CA50 with this fuel, and controlling fuelling transients could be

more difficult with these kinds of fuels. Since iso-octane exhibits less than a 1.2�

CA variation in CA50 from 0.1 � φ �0.3 (Fig. 2.14), fuel stratification offers little

potential for adjusting the CA50 phasing. However, fuel stratification in the charge

has the potential to shift combustion phasing by several degrees in PRF80 because

it is more reactive and φ-sensitive fuel.
The φ-sensitivity of fuels also depends on the intake air pressure. Figure 2.15

presents the φ-sensitivity of three different fuels (gasoline, iso-octane and PRF73)

for naturally aspirated (NA) and boosted (high intake pressure) conditions. High

negative slope in the curves indicate higher fuel reactivity (and earlier ignition) and

more sensitive fuel. In naturally aspirated case, PRF73 shows significant advance-

ment in CA10 with increased φ. Therefore, PRF73 is a highly φ-sensitive fuel

because of the strong dependence of its robust pre-ignition reactions (reactions

responsible for the LTHR and ITHR) on the fuel concentration [72]. However,

iso-octane and gasoline show comparatively less sensitivity at naturally aspirated

case due to weak pre-ignition reactions of both fuels. In contrast to PRF73, gasoline

and iso-octane show delayed CA10 timing with increasing φ because of lower

compressed gas temperature achieved with higher fuel quantity due to decrease in

Fig. 2.14 Variations in CA50 phasing for continuous and 19/1 firing scheme for iso-octane,

gasoline and PRF80 (Adapted from [71])
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γ (cp/cv) which dominates over pre-ignition heat release [63, 72]. Intake pressure

boosting significantly increases the auto-ignition reactivity of gasoline [63]. The

φ-sensitivity of gasoline increases (even stronger than PRF73) at Pin ¼ 2 bar

(Fig. 2.15) due to large increase in pre-ignition reactions in terms of increased

ITHR, while gasoline remains as a single-stage heat release fuel. High φ-sensitivity
of gasoline suggests that partial fuel stratification (PFS) should be effective for

reducing the HRR of boosted HCCI operation. The PFS can allow higher φ without

excessive PRR (knock) and/or more advanced combustion phasing for higher

efficiency. Additionally, these results also suggest that the ITHR pre-ignition

reactions are as important (sometimes more important as case of PRF73) for

determining φ-sensitivity as the LTHR reactions [72–74].

2.2.4.2 Fuel Properties

In general, several physiochemical and combustion properties are important for

automotive fuels (see Fig. 1.11). Volatility and auto-ignition reactivity are the two

essential fuel properties required for HCCI combustion. To prepare well-premixed

homogeneous charge, volatile fuel is required. Sufficient fuel reactivity is required

for obtaining auto-ignition at appropriate combustion phasing in the cylinder within

control parameters of the HCCI engine. In case of very reactive fuels, limited

operating range is obtained, and fuel reactivity also limits the engine compression

ratio. For advance LTC engines, fuel reactivity requirement is merging in between

diesel and gasoline (see Fig. 1.13). Gasoline-like fuels (high volatility fuels) are

more suitable for well-premixed HCCI combustion engines. Fuel volatility is

controlled by intermolecular forces depending on molecular size and structure.

Fig. 2.15 φ-Sensitivity of different fuels for naturally aspirated engine operation and at a range of
boost pressures (Adapted from [72, 73])
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There is no significant electrostatic attraction in hydrocarbon molecules as they are

not positively or negatively charged molecules. The dispersion forces govern the

molecular attraction in hydrocarbons generated by the change in electron density in

the molecular periphery [27]. The strength of attraction forces depends on the

molecular surface area and intermolecular forces. Attraction forces increase with

higher surface area, which requires comparatively large energy to reach boiling

point. Therefore, volatility of fuel decreases with increasing number of carbon atom

in straight-chained hydrocarbons (such as diesel consists of straight-chained and

lightly branched 10–19 C atom hydrocarbons), and these kinds of fuels create

difficulty in premixed charge preparation in HCCI engines. The chain branching

increases the volatility by reducing molecular surface area leading to lower

intermolecular forces [27].

Auto-ignition reactivity of HCCI fuels depends on the intensity of oxidation

reactions taking place before the start of HTHR (hot ignition). Two main categories

of single- and two-stage heat release fuels in HCCI combustion are illustrated in

Fig. 2.4. Two-stage ignition fuels exhibit cool flame reaction (LTHR) followed by

ITHR, which leads to HTHR reactions (detailed discussion in Sect. 2.2.2). However

typical gasoline-like fuels exhibit single-stage heat release, where no LTHR is

observed, and HTHR is governed by heat release during ITHR regime in naturally

aspirated conditions. At higher intake pressure, fuel such as gasoline changes the

auto-ignition reactivity due to higher ITHR (Fig. 2.15). Typically, fuels having

larger amount of heat release during LTHR (if present) and ITHR before onset of

HTHR auto-ignite easily. This type of fuels requires less temperature and pressure of

intake charge at intake valve closing position to achieve auto-ignition in the cylin-

der. As discussed in Sect. 2.2.2, hydrogen abstraction and isomerization reactions

are the important reactions during LTHR for exhibiting two-stage heat release for a

particular fuel. Themolecular structure of the fuel and type of “C–H” bond (primary,

secondary or tertiary bond) control the occurrence of the hydrogen abstraction and

isomerization reactions [27, 75, 76]. Primary “C–H” bond is the strongest bond

(among all C–H bonds), and for hydrogen abstraction requires highest activation

energy [75]. Therefore, fuel molecule having more number of secondary C–H bond

(long straight-chain molecules) is more prone to hydrogen abstraction during LTHR

reactions. During isomerization reaction also, secondary hydrogen removal is easy

(due to comparatively weaker bond) from long straight-chain molecule as isomer-

ization reaction takes place when the O2 chain reaches around to remove a hydrogen

atom from another site [27]. Additionally, due to long chain length and flexibility of

the fuel molecule, hydrogen abstraction by O2 is easy and more probable in long-

chain molecules [77]. Hence, long straight-chain alkanes (like n-heptane) are more

prone to LTHR in comparison to branched alkane (like iso-octane).

The temperatures characterizing the LTHR and ITHR zone depend on particular

fuel and engine operating conditions like boost pressure and engine speed

[21, 49]. Figure 2.16a shows the comparative in-cylinder pressure and mean

cylinder charge temperature for two different kinds of fuels (iso-octane, single-

stage heat release, and PRF80, two-stage heat release) [50]. The LTHR is observed

at 340 CAD in PRF80 fuel while no significant heat release in iso-octane until
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HTHR at 367 CAD. The cylinder charge temperature is comparatively lower for

PRF80 before LTHR. The LTHR increases the temperature as well as pressure

before HTHR of PRF80 at about same 367 CAD (Fig. 2.16a). The cylinder charge

temperature is lower in PRF80 for same combustion phasing because of lower

intake temperature requirement due to LTHR and strong ITHR. In case of PRF80,

strong ITHR is observed because of increased intermediate temperature kinetics

due to heat released during LTHR. The lower charge temperature in case of PRF80

can take the advantage of having higher charge density by inducting more charge in

the combustion chamber, which leads to higher work output for same equivalence

ratio.

Fig. 2.16 (a) Variation of in-cylinder pressure and temperature with crank angle for PRF80 and

iso-octane in HCCI engine [50]. (b) Standard deviation of IMEPg as a function of CA50 for

iso-octane, PRF80 and ethanol (Adapted from [78, 79])
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The cycle-to-cycle variations in start of combustion (CA10) are reduced in

PRF80 due to higher rate of temperature rise before HTHR [50]. The cyclic

variations are associated with small random charge temperature variations, and

these temperature variations are dampened out because of heat release during

LTHR in the cylinder. Figure 2.16b shows the variation in indicated mean effective

pressure (IMEP) with CA50 for iso-octane, PRF80 and ethanol. The figure shows

that PRF80 can tolerate higher CA50 retard with lower cyclic variations (acceptable

standard deviation) in IMEP because of lower cyclic temperature fluctuations and

higher temperature rise rate before HTHR [4, 21, 50]. Increased combustion

phasing retards (which allows higher φ without knock), and higher inducted mass

leads to achieve higher engine load operation in HCCI combustion using two-stage

fuels like PRF80. In richer mixture condition (φ¼0.38 to 0.42, Fig. 2.16b), engine

operation with more retarded CA50 is possible for the same limit of IMEP

variations.

Fuel auto-ignition reactivity also affects the high load limit in HCCI combustion

engines. Figure 2.17 demonstrates the effect of auto-ignition reactivity on maxi-

mum achievable high load in naturally aspirated HCCI engine using iso-octane,

PRF80 and PRF60 fuels. Figure shows that maximum IMEP (6.5 bar) is obtained

for higher auto-ignition reactivity fuels (PRF60 and PRF80). Comparatively lower

IMEP is obtained using lower reactivity fuel (iso-octane). The different fuels have

different mechanisms of limiting high load boundary in HCCI operation. Iso-octane

has two limiting factors (excessive NOx and wandering CA50) for high load

boundary at compression ratio (CR) 14 and 3bar/CAD pressure rise rate (PRR)

(Fig. 2.17). With increase in fuelling rate, IMEP and combustion temperature

increases, which leads to excessive NOx emission beyond certain limit of IMEP.

Fig. 2.17 Illustration of high load limits for different fuels for naturally aspirated conditions in

HCCI combustion [80]
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On further increase of fuelling rate, steady-state condition cannot be established and

constant combustion phasing cannot be maintained (i.e., wandering CA50).

Unsteadiness is caused by high sensitivity of the ignition timings to random

temperature fluctuations rather than the large changes in wall temperature with

CA50 [80]. At higher compression ratio (CR ¼ 18), wall heating runaway occurs

beyond 5.2 bar IMEP. Cylinder walls heat up at advanced combustion phasing than

average, due to higher heat transfer to the wall. The higher wall temperature (Twall)
leads to even more advanced combustion causing even higher heat transfer and so

on. Small random variations in the charge temperature (at retarded CA50 and low

ITHR) cause relatively large variation in CA50 which leads to higher Twall varia-
tions in comparison to normal non-limiting cycles [21]. This higher thermal sensi-

tivity leads to runaway at this condition. At lower PRR (3 bar/CAD) and CR (14),

variations in Twall are not adequate to initiate runaway to knock but cause wander-

ing of CA50. PRFs are less sensitive to variations in temperature due to LTHR

followed by increased ITHR. PRF60 is a higher reactivity fuel and requires large

amount of EGR to maintain acceptable PRR limit by retarding CA50. In this case,

high load boundary is limited by availability of oxygen, which decreases with

increase in EGR fraction. At higher loads, faster runaway to knock occurs in

PRF80 in comparison to iso-octane. Due to two-stage heat release in PRF80,

CA50 is less sensitive to the increase in inlet charge temperature. Therefore, in

this case, wall heating is not mainly responsible for fast runaway to knock. Study

proposed NOx-induced runaway caused by chemically enhanced auto-ignition due

to NOx present in the residuals (EGR) [80]. For detailed explanation and justifica-

tion of data, refer to original study [80].

2.2.4.3 Intake Temperature and Pressure

The intake charge conditions (equivalence ratio, temperature and pressure) and fuel

composition in charge have significant effect on combustion phasing, heat release

and other performance parameters in HCCI engine. The intake temperature mod-

ulation is one of the most common strategies to control the HCCI combustion

phasing. In the beginning of the compression stroke, temperature of fuel–air

mixture increases to speed up the reaction kinetics and achieve the auto-ignition

at desired crank angle position. This higher temperature can be achieved by intake

air preheating or retaining part of hot residuals inside the cylinder. Fast thermal

management (FTM) is an another technique for fast control of intake temperature.

In FTM, intake air temperature is controlled by mixing of cold and hot air coming

from different sources [27, 81]. Figure 2.18 shows the variations of cylinder

pressure and HRR at constant relative air–fuel ratio (λ) for different intake air

temperatures [70]. Increasing intake air temperature increases the cylinder pressure

and HRR very rapidly (Fig. 2.18). Pressure rise rate also increases drastically with

increase in intake temperature. Figure also depicts that start of combustion

advances with the increase in intake air temperature. Higher intake air temperature

increases the charge temperature in the cylinder, which increases the reaction rate
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kinetics resulting into advance combustion and faster HRR. Thus, intake air

preheating significantly affects the combustion phasing in HCCI combustion [70].

The requirement of particular intake air temperature depends on the engine

operating parameters (λ, speed, coolant temperature) and fuel and engine design

parameters such as compression ratio. By selecting appropriate parameters, optimal

combustion phasing can be obtained. At particular compression ratio and engine

speed, thermal conditions of charge in the cylinder are determined by intake charge

temperature and wall temperature. The intake charge temperature has direct impact

on the thermal state of the bulk gas in the core of cylinder, and the coolant (wall)

temperature creates more substantial effect on the charge in the thermal boundary

layer. Thus, the wall temperature affects the thermal stratification in the combustion

chamber near-wall regions [82]. The study also found that variations in combustion

phasing and HRR created by change in wall temperature can be compensated by

varying intake temperature in opposite direction with factor of 1.11 [82]. The

decrease of coolant temperature has strong effect on combustion instability in

comparison to the decrease in intake charge temperature, and hence combustion

stability limits are more dependent on wall temperature in HCCI combustion

engine. The requirement of intake air temperature is affected by compression

ratio of engine and octane number of fuel. Compression ratio has strong influence

on intake air temperature. Study shows a reduction in compression ratio from 21.4

to 17 results into increased requirement of intake air temperature from 30 �C to

130 � C for iso-octane fuel [39]. Increase in octane number from 0 to 100 requires

increment compression ratio by a factor of two in HCCI engine [39]. An increased

compression ratio of engine increases HRR and advances the combustion phasing

[83]. Increase in boost pressure resulted into strong decrease in inlet temperature

requirement [84].

Fig. 2.18 Variation of in-cylinder pressure and HRR at 1200 rpm and constant λ for gasoline

HCCI combustion (Adapted from [70])
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Intake pressure boost is typically used to increase the power output of engine,

and it significantly extends the high load limit of HCCI engines. At higher intake

pressures, same equivalence ratio and dilution level are achieved by inducting

higher amount of fuel in every cycle, which leads to higher engine loads in the

engine. The application of high intake pressure (boost) is limited by knocking (very

high PRR). The knocking propensity of HCCI engine increases with increase in

intake pressure mainly by two reasons: (i) higher amount of fuel inducted generates

high PRR in combustion for the same combustion duration and phasing, and

(ii) higher intake pressure increases the auto-ignition reactivity by an amount

depending on the fuel [21]. The φ-sensitivity of fuels can also increase at higher

intake air pressure (Fig. 2.15), which can be utilized for increasing the higher load

range using fuel stratification. Higher intake pressure in combination with external

exhaust gas recirculation can be used to attain higher engine load, and a study

achieved IMEPg of ~16.3 bar at 3.25 bar intake pressure with gasoline fuel in HCCI

combustion [63].

2.2.4.4 Engine Speed

The engine speed and fuel type affect the start of bulk gas reactions in HCCI

combustion. There exists a strong coupling between fuel auto-ignition quality and

required intake charge temperature to have an optimal combustion phasing. The

intake charge temperature directly affects the completeness of combustion in the

cycle because CO-to-CO2 conversion reactions are highly sensitive to the maxi-

mum combustion temperatures [85]. The onset of bulk quenching of CO-to-CO2

conversion reactions can be used as fuelling rate limits at particular operating

condition, and below this fuelling rate, combustion is incomplete. Figure 2.19

shows the variation of required intake charge temperature with engine speed for

different fuelling rates for PRF80 (two-stage heat release) and gasoline (single-

stage heat release) fuel. Typically, higher intake charge is required at higher engine

speed for maintaining the combustion phasing because at higher engine speed, there

is less time available for chemical reactions to set off the auto-ignition process

[70, 85, 86]. Additionally, the small inlet valve diameter, the short cam duration and

the pressure drop over the intake air heater (if present) lead to the decrease in

volumetric efficiency (ηv) of engine as engine speed increases. Lower volumetric

efficiency results into lower pressure during intake stroke. The higher charge

temperature is required to compensate for pressure drop (due to lower ηv) and to

accelerate the chemical kinetics of reactions due to less availability of time at

higher engine speed [70, 86]. Gasoline requires 20� C higher intake temperature as

engine speed increases 600–1200 rpm. However, between engine speeds

1200–2400 rpm, intake charge requirement is almost constant (Fig. 2.19). Several

possible reasons for this inconsistency are as follows [85]: (i) lower heat transfer

from gas to cylinder due to less time available at higher engine speed provides

higher compression temperature at constant Tin; (ii) cylinder surfaces are signifi-

cantly hotter at higher engine speed which contributes to higher charge
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temperatures; (iii) the “ram” effect is significant above 1800 rpm engine speed,

which effectively compresses and heats the intake charge towards the end of the

intake stroke; and (iv) charge heating due to turbulent dissipation of kinetic energy

during the charge induction increases with engine speed.

In case of PRF80, intake charge requirement is highly dependent on engine

speed and equivalence ratio (Fig. 2.19). The intake charge temperature for PRF80

has a much stronger dependence on φ at 1200 rpm and lower engine speeds. The

required intake charge temperature drops quickly with increased fuelling (φ). There
is a vast difference in necessary intake temperature for maintaining the combustion

phasing at high equivalence ratios. As the φ decreased, the two curves appear to be

merging [85]. This trend can be understood in terms of LTHR (cool flame activity)

variations of PRF80 as it is a two-stage heat release fuel. The cool flame activity

increases with lower engine speed, higher equivalence ratio and higher n-heptane

content [85]. The heat release during LTHR duration leads to the reduction in the

intake charge temperature requirement.

Fuels with two-stage heat release have some significant advantage to overcome

the major challenge of extending high load boundary and improving combustion

phasing control. Fast combustion phasing control can be accomplished with LTHR

fuels because of the φ-dependence of the LTHR. The combustion phasing can be

controlled by varying the amount of fuel stratification for a fixed φ because the

amount of LTHR depends on the actual mixture undergoing combustion [53, 71,

87]. The φ-dependence of the LTHR in two-stage fuels also offers a means for

lowering the maximum HRR by partial stratification using dual injection [78]. The

cycle-to-cycle variations are also lower at extensively retarded combustion phasing

operation of engine using LTHR fuels [50]. The LTHR also have higher power

Fig. 2.19 Variations of required intake charge temperature with engine speed for PRF80 and

gasoline in HCCI combustion (Adapted from [85])
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density (Fig. 2.17). The LTHR significantly reduces the required Tin, which

increases the charge density for a fixed intake pressure. The amount of LTHR is

highly dependent on engine speed. Figure 2.20 shows the variations of HRR with

engine speed for PRF80 at constant combustion phasing. The amount of LTHR

decreases drastically with increasing engine speed (Fig. 2.20). There are two main

reasons for this observation. First, the LTHR is fairly slow, oxidation reactions

occur actively in 760–880 K temperature range, and there is less time for the LTHR

to take place before 880 K as the engine speed is increased [53]. The faster

progression of charge temperature from lower to higher temperatures at higher

engine speed is due to the combination of LTHR and compression heating. Second,

engine is operated at higher charge temperature and at higher engine speeds to

maintain the combustion phasing constant, which leads to reduction in cylinder

pressure, while the charge passes through the 760–880 K range. The low temper-

ature heat release is sensitive to pressure (Sect. 2.2.2), which further decreases the

amount of LTHR. The combination of these two effects results into the rapid

reduction of the amount of LTHR with increasing engine speed. Figure 2.20 also

shows that the LTHR disappears completely in engine speed range of 1400–1500-

rpm, where the Tin requirement increases most rapidly [53].

Fuel composition has strong effect on the engine speed beyond which LTHR

disappears. Figure 2.21 shows the variations of required intake temperature to

maintain the constant combustion phasing for different fuels at constant equiva-

lence ratio in HCCI combustion. It can be noticed that the change of n-heptane/iso-

octane blending ratio influences the autoignition reactivity of the fuel, which affects

the Tin required to maintain combustion phasing. Figure shows that the LTHR is

Fig. 2.20 Variations of HRR for PRF80 at φ ¼ 0.38 for different engine speeds at constant

combustion phasing in HCCI combustion (Adapted from [53])
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present in the ranges of 660–870 rpm, 1050–1440 rpm and 1640–2000 rpm for

PRF90, PRF80 and PRF70, respectively. Figure 2.21 also illustrates that the toluene

addition reduces the engine speed sensitivity of the PRF blends. This happens

because the LTHR-suppression effect of toluene is roughly proportional to the

amount of LTHR that the n-heptane would have produced and had toluene not

been present [53].

Figure 2.21 also demonstrates the several issues related to LTHR fuels: (i) the

very reactive fuel (PRF70) generates too much LTHR at lower engine speed, and

the required Tin drops below the ambient temperature, which is impractical; (ii) the

disappearance of LTHR at higher engine speeds renders the partial fuel stratifica-

tion ineffective, which is used to lower the PRR to achieve higher engine loads, and

it also limits the potential for combustion phasing control; and (iii) the engine speed

range where LTHR is present imposes high demands on the thermal management as

Tin varies with engine speed [53].

2.2.4.5 Exhaust Gas Recirculation

Exhaust gas recirculation (EGR) is a practical means to control the charge temper-

ature in HCCI engine by adding high levels of exhaust gases into the intake

manifold of the engine. The EGR also provides the dilution of charge to control

the excessive HRR of HCCI combustion. Typical composition of the EGR is CO2,

H2O, N2, O2, CO, unburned HC, particulate matter, NOx and some combustion

reaction intermediates. Two different EGR strategies are used in HCCI engine,

namely, internal EGR and external EGR. In the internal EGR strategy, hot

Fig. 2.21 Variations of intake temperature requirement with engine speed for different fuels at

Φ ¼ 0.38 (Adapted from [53])
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combustion products are captured in the cylinder by early closing the exhaust valve

(EVC) towards the end of the exhaust stroke. The EVC timing decides the amount

of retained EGR in the cylinder. The early EVC is realized using VVT system of

engine. Earlier EVC timing leads to more hot residuals in the cylinder that raises the

charge temperature at BDC (bottom dead center) of intake stroke. The higher

residual mass fraction in the charge has higher heat capacity, which tries to delay

the ignition timing. The higher residual mass captured in the cylinder also has

higher temperature that tries to advance the ignition timings. Generally, the higher

temperature effect of retained residuals in the cylinder dominates in the auto-

ignition process [27]. A study investigated the charge heating, dilution (oxygen

reduction), heat capacity, chemical (only CO2 and H2O) and stratification effects of

internal EGR in CAI engines [87]. It is concluded that charge heating is mainly

responsible for advanced ignition timings, dilution and heat capacity have no

significant effects on ignition timing but decrease the HRR and increase the

combustion duration of CAI engine. Stratified residual gases facilitate the CAI

combustion. In the external EGR strategy, desired amount of exhaust gas is

recirculated back in the intake manifold from the exhaust manifold through appro-

priate cooling system. The amount of EGR can be varied using exhaust valve in the

exhaust line and changing the exhaust back pressure. The effects of combined

internal and external EGR on gasoline CAI have been used to increase the attain-

able load in a multi-cylinder engine [88]. Study found that highest output achieved

using internal EGR is limited by excessive PRR, and additional external EGR

retarded the ignition, which lowers the HRR and PRR.

The use of substantial EGR/residuals is central to the most gasoline HCCI

applications for maintaining the combustion phasing at desired position. The

EGR is also desirable for diluting the charge for operating the engine on stoichio-

metric conditions, so that three-way catalytic converter can be used to mitigate the

undesired NOx at higher engine load conditions [89]. The diesel-like fuels easily

auto-ignite by the rise in charge temperature during compression stroke. In diesel

HCCI, substantial quantities of EGR are required for reducing the auto-ignition

propensity of the fuel. Typically, substantial EGR addition is used to increase the

ignition delay for getting sufficient time for fuel/charge mixing in the cylinder. The

use of EGR also sufficiently reduces the oxygen concentration in the cylinder.

Therefore, the peak combustion temperatures in the fuel-rich regions (due to

inhomogeneity) do not reach to a level required for significant NOx formation

[90]. Hence, the use of EGR is also central to diesel HCCI combustion. The EGR

can also be used to manage LTHR at higher engine speeds, where LTHR vanishes

(Fig. 2.21). Therefore, a potential exists to use the benefits of LTHR for combustion

phasing and HRR control over a wide range of speeds and boost

conditions using EGR.

The addition of EGR typically retards the ignition timings for all the fuels. The

amount of retard in ignition timings by EGR depends on the type of fuel and

quantity of EGR used. The different mechanisms exist to produce thermodynamic

and chemical effect of EGR during combustion. A study identified the various

mechanisms of EGR as [89] (i) thermodynamic cooling effect due to increased
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specific heat capacity, (ii) O2 concentration reduction effect, (iii) enhancement of

auto-ignition due to the presence of H2O and (iv) enhancement or suppression of

auto-ignition due to the presence of trace species (CO and NO). Figure 2.22 shows

the effect of EGR and its constituents on ignition timing retard for gasoline and

PRF80 fuels. To separate the effect of trace species present in real EGR due to

incomplete combustion, the complete stoichiometric products (CSP) containing

CO2, H2O and N2 are used for the study. Addition of CSP) in intake has strong

effect for both gasoline and PRF80 (Fig. 2.22). A detailed study conducted using

gasoline, iso-octane, PRF80 and PRF60 shows that CSP has strongest effect on pure

iso-octane and lowest sensitivity to gasoline, while PRF80 and PRF60 have

in-between sensitivity [89]. Retarding effect of real EGR is higher for PRF80

than gasoline and iso-octane. In practical EGR system, water content in EGR

may condense on cold surfaces (mainly at the time of cold starting and/or cold

weather), which will change the composition of real EGR. This effect is illustrated

by the trend between dry CSP and CSP. Loss of water makes less effective in

iso-octane while more effective in gasoline and PRF80 (Fig. 2.22).

Fig. 2.22 Effect of EGR

and its constituents on

ignition timing for (a)

gasoline and (b) PRF80 in

HCCI combustion (Adapted

from [89])

2.2 Homogeneous Charge Compression Ignition 69



The strongest cooling effect is found for CO2 for both gasoline and

PRF80 (Fig. 2.22). The cooling effect of H2O is in between CO2 and CSP. This

observation is also experimentally confirmed by measuring motored compression

temperature data at 350� CAD by varying the EGR and its constituents [89]. In the

same experiment, it is found that N2 has opposite effect and it slightly increases the

compression temperature. However, using N2 as diluent retarded the combustion

phasing due to oxygen sensitivity of auto-ignition reactions not by thermal effect.

Therefore, N2 is used to separate the O2 reduction effect of EGR in engine

combustion. In all other cases, combustion phasing retard is a combination of

thermodynamic cooling and O2 reduction effect. Detailed description with exper-

imental observation is provided in original study [89]. The O2 reduction effect is

relatively weak compared to thermodynamic cooling (seen by comparing the slope

of curves) in gasoline but has more pronounced effects in PRF80 (Fig. 2.22). The

higher O2 sensitivity (higher slope of N2 curve in Fig. 2.22b) is attributed to the

LTHR in PRF80. Trend in CSP and dry CSP indicates that the dry CSP has slightly

stronger retarding effect in gasoline and PRF80 (Fig. 2.22). This observation

suggests that H2O has a chemical enhancing effect on hot ignition more than

thermodynamic cooling particularly at lower concentration. However, in case of

gasoline, adding water increases both chemical and thermodynamic effects, and

CA10 becomes significantly more retarded.

The difference between CSP and real EGR is only by the presence of trace

species produced from incomplete combustion. The concentrations of these trace

species in the intake manifold increase rapidly with increasing EGR rate. Real EGR

has less retarding effect on ignition timing for gasoline and comparatively more

retarding effect on PRF80 (Fig. 2.22). The gasoline has an enhancement of the auto-

ignition reactions due to trace species from real EGR. Gasoline is a single-stage less

reactive fuel, and addition of whole range of different hydrocarbons might lead to

new pathways of oxidation reactions during auto-ignition process. PRF80 is a

reactive species, and most of the molecules produced by incomplete combustion

might be comparatively less reactive [89]. This explains the behaviour of gasoline

and PRF80 with real EGR. The CO is a major specie present in the EGR. Study

conducted on pure n-heptane and two surrogate fuels (80% n-heptane–20% toluene,

75% n-heptane–25% iso-octane) showed that CO addition in the intake manifold

has no significant effect on auto-ignition process for up to 2000 ppm concentrations

[91]. Other studies also experimentally as well as numerically confirmed that CO

addition up to 170 ppm does not have significant effect on auto-ignition process

[47, 92]. However, a numerical study showed that the CO additions of 1000 ppm or

more leads to delayed the auto-ignition timings. The same study also showed that

adding more than 10,000 ppm CO in the manifold, the chemical energy supplied by

CO starts to increase the peak pressure, which is less likely a situation in HCCI

engine [92].

Formaldehyde is also emitted in significant quantity in HCCI engines

[93, 94]. Adding formaldehyde in intake manifold delays the ignition timings

because formaldehyde consumes the hydroxyl radicals and decreases overall reac-

tivity [92]. Although HCCI engine is known for ultralow NOx emission but at
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certain engine operating conditions, NO emission can be in significant amount. The

effect of NO in the intake during EGR is systematically investigated [95, 96]. Study

conducted using PRF, toluene reference fuel (TRF) and gasoline showed that sharp

advance of LTHR as well as the main heat release at low concentrations (~15 ppm)

of NO is added to the intake air. The rate of this change decreases with increasing

NO concentration. At higher concentrations of NO, heat release is retarded with

higher NO concentration) mainly for PRFs [95]. Study also concluded that com-

bustion phasing in the HCCI engine is more sensitive to variations of charge NO

concentration compared to the SI engine [95]. Another study also concluded that

NO addition in intake up to 45 ppm advances the auto-ignition process, and beyond

this value, the auto-ignition is retarded for PRF [96]. This observation indicates that

the NO can be used to control HCCI combustion phasing by varying the amount of

EGR (containing adequate NO concentration). Table 2.1 presents the summary of

effect of EGR constituents on ignition timings for different autoignition character-

istics of fuels as discussed in the current section.

In naturally aspirated operating conditions without EGR, the amount of LTHR is

dependent on fuel type. Reactive fuels show LTHR in a very narrow range of

engine speed and intake temperature (Tin) (Fig. 2.21). The EGR can be used very

effectively to operate with a constant amount of LTHR at fixed Tin, across wide
ranges of engine speeds because EGR counteracts autoignition, especially the

amount of LTHR [53]. The EGR can also be used to extend the high load boundary

in combination with intake boost. Figure 2.23 shows the maximum achieved IMEP

(with ringing intensity limit < 5 MW/m2) with and without EGR at CR ¼ 14 and

1200 rpm. Figure shows that the engine load is significantly increased with the use

of cooled EGR and high boost pressure. The maximum load line with EGR

(Fig. 2.23) shows that the IMEP increases almost linearly with boost up to

Pin ¼ 200 kPa. Above 200 kPa boost pressure, the slope of the maximum load

line becomes less steep. Main mechanism suggested by authors for this reduction in

the slope is as follows [63]. Initially, 200 kPa �Pin � 240 kPa, reduction in slope

occurs because CA50 could not be retarded beyond the amount used for

Pin ¼ 200 kPa with acceptable combustion stability. Hence, allowable fuelling

Table 2.1 EffectofEGRconstituentsonauto-ignition for single- and two-stageheat release fuels [97]

Effect items

Single-stage fuels

(gasoline and iso-octane)

Two-stage fuels

(PRF60 and PRF80)

Effect on auto-

ignition Sensitivity

Effect on auto-

ignition Sensitivity

Thermodynamic

cooling

Retarding High Retarding Low

[O2] reduction Retarding Low Retarding High

Presence of H2O Enhancement Low Enhancement High

Presence of trace

species

Enhancement – Suppression –
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rate cannot be increased to achieve higher IMEP. For higher intake pressures Pin �
260 kPa, the maximum load is no longer limited by the ability to retard CA50

because fuelling is limited by the oxygen content of the charge due to higher

amount of EGR used to retard the combustion phasing. Therefore, maximum

achievable load (IMEP) has different limiting mechanisms at different operating

conditions.

The maximum achievable steady IMEP depends on the fuel type, selected PRR

(or knock metric), EGR quality and EGR/fresh gas unmixedness [98]. As the

fuelling is increased beyond the maximum achievable steady condition, it is

increasingly difficult to maintain sufficiently retarded combustion) to prevent

runaway knock without having poor combustion stability that can also drift into

misfire. The five load limiting factors/mechanisms which are identified leading to

runaway knock are [98] (i) residual NOx-induced runaway advancement of the

combustion phasing, (ii) EGR-NOx/wall heating-induced runaway, (iii) EGR-NOx-

induced runaway, (iv) EGR-induced oxygen deprivation and (v) excessive partial-

burn occurrence due to EGR unmixedness.

Figure 2.24a summarized the main runaway mechanism for PRF80 and

PRF60 at different PRR in combination of the type of EGR (well mixed or

hetrogeneous, simulated or real EGR). In PRF80 fuel, main limiting mechanisms

are residual NOx-induced runaway and EGR-NOx-induced runaway. Using simu-

lated EGR (complete stoichiometric products), very fast knock runaway is found in

comparison to wall heating-induced runaway. Authors suggested that the runaway

is so rapid because of auto-ignition enhancement) due to residual NOx [98]. When

Fig. 2.23 Variation of maximum IMEP obtained with EGR and without EGR using gasoline in

HCCI combustion at 1200 rpm (Adapted from [63])
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some part of NOx generated in one cycle is retained within the cylinder as a part of

the residual gases, the autoignition enhancement comes into effect immediately

during the following cycle. With real EGR in PRF80, runaway is found 21 times

slower than for the residual NOx-induced runaway observed for the PRF80, and

4 times faster than the wall heating-induced runaway observed for the iso-octane. It

is concluded that largest contributor to this moderately fast runaway with real EGR

is the enhancement of the autoignition by NOx recirculated to the intake with the

EGR gases. Wall heating-induced runaways also have small contribution to this

Fig. 2.24 (a) Main knock runaway mechanism for PRF80 and PRF60 at different PRR in HCCI

combustion (Adapted from [98]). (b) Illustration of stable and unstable CA50 with well-mixed real

EGR and heterogeneous EGR at PRR 3 bar/CAD (Adapted from [98])
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process. The load limiting mechanisms are different for the two fuels (PRF80 and

PRF60). With simulated EGR (CSP) in PRF60, IMEP is limited by the available

oxygen because PRF60 is more reactive than PRF80, therefore requiring the use of

higher amount of EGR. In PRF60, comparatively slow runaway is observed using

real EGR. In PRF60, lower NOx formation due to the high EGR rate leads to a

substantial reduction of the contribution from EGR-NOx enhancement of the

autoignition, and wall heating mechanism also almost equally contributes to run-

away process with real EGR. A more complete discussion with suitable justification

can be found in original study for all the mentioned mechanisms [98].

Effect of well-mixed and heterogeneous EGR needs to be investigated

(Fig. 2.24b). The stringent requirements for uniform cylinder-to-cylinder distribu-

tion of EGR are challenging. Additionally, due to the pulsating nature of the flow in

the exhaust, EGR and intake systems, there is an inherent risk of cycle-to-cycle

variations of the amount of EGR gases inducted into each of the cylinders. A study

investigated the well-mixed and heterogeneous EGR using two different routes of

EGR supplied [98]. The effects of a slight EGR unmixedness are clearly noticeable

at more retarded CA50 position used to achieve a lower PRR of 3 bar/�CA
(Fig. 2.24a). In this type of engine operations, partial-burn cycles are likely to

appear. The data in Fig. 2.24a used strict limit of maximum one partial-burn cycle

which is allowed in 1000 cycles [98]. Partial-burn cycle is defined as having an

IMEP lower than 95% of the average IMEP. If engine is operated with heteroge-

neous EGR above this load limit, an unacceptable frequency of partial-burn cycles

appears (Fig. 2.24b). Moving average of CA50 is presented in Fig. 2.24b for

heterogeneous and well-mixed EGR operation of HCCI engine. It is found that

with well-mixed EGR), the HCCI combustion phasing is comparatively well stable.

2.2.4.6 Inhomogeneities

Although HCCI combustion is termed as “homogeneous,” however in real HCCI

engines, there are always inhomogeneities mainly due to fuel stratification and/or

thermal stratifications. Investigations are conducted to prove the presence of inho-

mogeneity by comparing the simulated homogeneous combustion (single zone) and

real experimental data at same operating conditions. Figure 2.25 demonstrates the

effect of inhomogeneities in real engine by comparing PRR at different equivalence

ratios in fully homogeneous and real engines. Single-zone homogeneous charge

model is used for simulation of pure “homogeneous” case because it is not possible

to create a charge in a real engine, which is fully homogeneous in both mixture and

temperature. Figure 2.25a shows that PRR increases very fast with increase of

equivalence ratio in case of homogeneous model than experimental HCCI engine.

For the same knocking limit, it is possible to operate real engines at higher

equivalence ratio at both combustion phasing (Fig. 2.25a). Higher equivalence

ratio operation leads to higher engine loads. It is believed that the lower PRR in

real engine is because of naturally occurring charge stratification due to either

mixture or thermal inhomogeneities [23]. Inhomogeneities in the charge can appear
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due to various reasons such as incomplete mixing of fresh charge and residuals,

incomplete fuel/air mixing or heat transfer, non-isothermal intake conditions and

turbulent mixing during the compression stroke [23]. Thermal and/or mixture

stratification in HCCI engine leads to spatially and temporally distributed combus-

tion in the cylinder rather than simultaneous combustion in purely homogeneous

charge. Therefore, the natural stratification in the cylinder plays an important role in

controlling the high load limit of an HCCI engine. This benefit of natural stratifi-

cation is increased at retarded combustion phasing because with same knock limit,

it is possible to operate the engine at even higher φ (Fig. 2.25a). Due to this reason,

it is concluded that even without enhancement of naturally occurring thermal

stratification, combustion phasing retard has potential to operate the engine at

higher fuelling rate and higher engine speeds [100]. At retarded combustion

phasing, charge temperature is lower, and combustion duration increases rapidly

with delayed ignition timings (CA10). The change in combustion duration is mainly

affected by rapidly changing thermal stratification of the charge around TDC and

less affected by slowing chemical kinetics at particular ignition timing

Fig. 2.25 (a) Variation of

PRR with φ at different

CA50 for simulated fully

homogeneous and real

HCCI engine (Adapted

from [23]). (b) Combustion

duration (CA90-10) vs. CA10

for homogeneous and real

experimental data at

φ ¼ 0.367 (Adapted from

[99])
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[99]. Figure 2.25b shows that combustion duration for experimental engine is

changing rapidly with ignition timings (CA10) than single-zone homogeneous

model. The single-zone model represents the effect of combustion phasing on the

chemical kinetics alone. A more complete discussion on the effect of combustion

retard and thermal stratification on PRR is present in the reference [99].

Various imaging studies have indicated the significant inhomogeneities in the

HCCI combustion [23, 24, 101, 102]. Figure 2.26 illustrates the inhomogeneities in

the HCCI combustion, which uses premixed charge. Typically, heat transfer

through cylinder wall, which affects the thermal boundary layers, is considered

responsible for thermal stratification. Chemiluminescence imaging and PLIF imag-

ing studies showed that thermal stratification extends in entire bulk charge in the

cylinder [23, 101, 102]. Figure 2.26a shows the chemiluminescence images of

HCCI combustion using iso-octane at φ ¼ 0.24 for CA50 at TDC (360 CAD).

Strong turbulent structures are noticed from figures, which indicate that the com-

bustion is not homogeneous. Initially, the chemiluminescence images suggest that

combustion starts at multiple locations throughout the cylinder with no specific

pattern. The images clearly show that several regions have ignited (bright spots)

while other regions have not started to ignite (Fig. 2.26a). As combustion pro-

gresses (during 358�–360� CAD), more regions start to react resulting into much

brighter chemiluminescence images. At 360� CAD position, most regions are

producing strong chemiluminescence, indicating intense reactions (Fig. 2.26a).

Fig. 2.26 (a) Illustration of inhomogeneities in HCCI combustion using chemiluminescence

image sequences (Adapted from [23]). (b) Illustration of evolution of thermal stratification in

HCCI combustion using T map images (Adapted from [101])
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After this position, intensity starts decreasing due to burn-out of first ignited

regions, while lately ignited regions are burning. Images shown in Fig. 2.26a are

of not the same engine combustion cycle (aquired at same setting in different

cycles). In the same study, authors also acquired the sequential images of one

particular combustion event, and images show that autoignition begins with the

hottest zone and progresses towards comparatively cooler zones in a sequential

manner. It is also speculated that turbulence is important in mixing the cooler gas

near the cylinder wall with the hotter gas in the bulk of the cylinder [23].

Study conducted to investigate the primary cause of inhomogeneities concluded

that the inhomogeneities are caused primarily by thermal stratification due to heat

transfer during compression, combined with turbulent transport [23]. The incom-

plete mixing of premixed charge and incomplete mixing during direct fuel injection

have insignificant role because images for three different kinds of injection strate-

gies are giving essentially the same appearance and the same development through

the engine cycle [23]. Another study investigated the role of the thermal stratifica-

tion produced during the intake stroke on the temperature distribution at TDC of

compression stroke [103]. It is concluded that the variations in the initial temper-

ature distributions have almost no effect on the temperature distribution and the

cylinder wall heat transfer development during compression stroke. The convective

transport of cold boundary-layer gases towards the cylinder centre is found as the

dominant mechanism. Therefore, thermal distribution at BDC has no effect on

evolution of temperature field during compression stroke. However, very small

variations in the initial flow field amplified in the compression stroke, and the

resulting differences close to TDC have significant effect on temperature and the

wall heat flux distribution [103]. The thermal stratification created by different

intake temperatures for each port in HCCI combustion has limited effect in reduc-

ing PRR [104–106]. This observation is clearly explained by the fact that thermal

distribution at BDC has minor effect on the temperature distribution at TDC.

Majority of combustion takes place in the central part of cylinder (between the

cylinder head and piston crown surfaces) from the start of combustion until peak

PRR. Separate boundary-layer combustion along the cylinder head and piston

crown surfaces takes place during the later part of combustion (after peak PRR).

Therefore, thermal stratification between the bulk gases and the boundary layer has

less contribution in controlling the peak PRR. The peak PRR is mainly controlled

by thermal stratification within bulk gases [23]. To get the information about the

magnitude of the thermal stratification and its spatial distribution in the entire

chamber and boundary layer, PLIF imaging study is conducted. Chemilumines-

cence imaging provides valuable information on the effect of thermal stratifica-

tion, but do not show the magnitude of the thermal stratification and its spatial

distribution. [101]. Figure 2.26b shows the evolution of thermal stratification in the

cycle using T maps created by PLIF image in motored cycle. The colour mapping in

the figure shows the stratification between the coolest and hottest regions can be in

the order of 100 K. Natural thermal stratification occurs mostly from wall heat

transfer and turbulent convection [23]; therefore thermal stratification is not

expected to be significant until the charge temperature has increased well above
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the wall temperature. Additionally, thermal stratification of the bulk gas needs time

for convection to transport the cooler near-wall gases into the bulk of charge. There

is no noticeable stratification at 305� CA (Fig. 2.26b) as expected, and some distinct

thermal stratification appears at 340� CA. The thermal stratification increases until

piston reaches TDC and then starts decreasing.

Researchers explored various strategies to create the thermal stratification arti-

ficially in the cylinder to increase engine load because natural stratification controls

the maximum PRR. Few studies tried to increase the wall heat transfer by lowering

coolant temperature or increasing the turbulence or swirl (by changing geometrical

design) in the cylinder to create thermal stratification [27, 107]. However, increased

heat transfer can decrease the thermal efficiency also. The combustion phasing

delay provides more time for the evolution of naturally occurring thermal stratifi-

cations, and hence delayed combustion phasing is the most effective strategy to

control the maximum PRR in HCCI combustion [27].

Strictly pure HCCI combustion means that it uses completely homogeneous

charge, and there are no inhomogeneities. As discussed, inhomogeneities are

present even with externally fully premixed charge (using mixing tank) or PFI in

intake manifold [22, 23]. Naturally occurring fuel stratification in premixed charge

does not have significant effect on combustion development [23]. Artificially

created fuel stratification using direct injection has the potential to increase the

high load limit and control the peak PRR [108]. It is very difficult to control the bulk

thermal stratification in real engine to control the PRR; therefore intentional fuel

stratification strategy is explored to increase the high engine load limit. This

strategy is commonly referred to as partial fuel stratification (PFS) strategy, and

their extension is typically known as partially premixed compression ignition

(PPCI). To control the maximum HRR and PRR, the PFS strategy needs to create

sequential auto-ignition (similar to thermal stratification), which requires local

φ-sensitive fuel (Fig. 2.15). Detailed discussion on the determination of

φ-sensitivity is provided in Sect. 2.2.4.1. In PFS strategy, majority of fuel

(80-90%) is injected in the manifold, and small amount of fuel is injected directly

in the cylinder to create fuel stratification in the cylinder. Figure 2.27 shows the

effect of fuel stratification on cylinder pressure and heat release curve. Figure 2.27a

shows that HRR decreases significantly for split injection (stratified) case in

comparison to single PFI injection at same overall φ. The sequential auto-ignition
(because of φ-sensitivity of fuel) due to fuel stratification leads to the increase in the
combustion duration and lowers the HRR in case of split injection strategy.

Figure 2.27b shows the effect of direct injection (DI) quantity on pressure and

HRR using gasoline at intake pressure (Pin) 2 bar as gasoline is φ-sensitive at higher
pressure (Fig. 2.15). Figure 2.27b shows that increasing DI fraction has significant

effect on HRR and cylinder pressure. Zones with higher φ increases with higher DI

quantity and ignite early. Early autoignition of rich zone charge advances auto-

ignition for same CA50, which effectively increases combustion duration

[72]. Higher combustion duration lowers the peak pressure as well as peak HRR

(Fig. 2.27b). Fuel stratification in the cylinder is also used for improving the low
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load combustion efficiency (by advancing the combustion phasing) [109], and

therefore this method can be used to increase the lower load limit of HCCI engine.

In PFS strategy, the partial mixture stratification also forms an associated

thermal stratification (in addition to the typical thermal stratification created by

heat transfer and convection) that tends to partially counteract the ϕ-sensitivity
effect of the fuel on autoignition timing. This thermal stratification is produced by

two reasons. First, rich regions (containing more directly injected fuels) have

relatively greater cooling due to fuel vaporization of the DI fuel. Second, the richer

regions have a lower γ, therefore their temperature increase with compression is

relatively lower. Both effects act in the same direction, causing temperatures at the

time of autoignition to be lowest in the richest (highest ϕm) regions and to be

progressively hotter as the local ϕm decreases. Thus, this temperature distribution

acts opposite of the chemical effect for ϕ-sensitive fuels that causes the richest

Fig. 2.27 (a) Variation of pressure and HRR for homogeneous (premixed) and fuel-stratified

operation (Adapted from [78]). (b) Effect of DI quantity on pressure and HRR using gasoline at

Pin ¼ 2 bar (Adapted from [72])
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regions to autoignite first, followed by sequentially leaner regions [110]. Fortu-

nately, the ϕ-sensitivity effect is sufficiently strong for many fuel-type/operating

condition combinations such that it is more than to overcome the temperature

effects associated with mixture stratification. For these conditions, the richest

regions autoignite first followed by sequentially leaner regions, allowing PFS to

reduce the peak HRR and provide significant improvements in thermal efficiency as

well as higher engine load [110].

2.3 Spark-Assisted HCCI Engine

Spark-assisted compression ignition (SACI) is a technique to set off HCCI com-

bustion in existing engine using an external ignition source [111]. This technique is

a key enabler for SI–HCCI hybrid system [21]. The engine is started in SI mode to

tackle the cold start problem of HCCI and then shift to HCCI mode for lower engine

load operations. At higher engine load requirements, engine can be shifted back to

SI operation mode. Frequent SI–HCCI transition is required due to load variations

during real engine operation. This transition is achieved with SACI by beginning a

flame by spark and progressively varying the quantity of residuals using valve

timing, which leads to combustion of fraction of charge in SI or HCCI mode

[21, 112]. Although SACI is considered mainly as combustion mode transition

method in the beginning [112], further in-depth investigation demonstrated that

SACI strategy can be used to increase high and low load limits of pure HCCI

combustion mode [21].

The SACI process can be divided into four different combustion phases (shown

in Fig. 2.28a), namely, the spark discharge (region A), the early kernel growth

(EKG) (region B), the flame propagation (region C) and the compression ignition

phase (region D) [113]. In SACI, dilute homogeneous mixture is prepared similar to

HCCI engine in the manifold or early intake stroke. However, a small amount of

fuel is injected late in compression stroke to achieve a fuel-rich mixture near the

spark plug for promoting SI and initiate flame [113]. Another study achieved SACI

by direct injection of small amount of fuel (additional to PFI charge) near the spark

plug, facilitating a propagating flame which increases charge pressure and temper-

ature in the cylinder, leading to auto-ignition in the surrounding homogeneous

diluted charge [114]. After the spark discharge, during EKG period (during CA

position shown as B), a small reaction kernel formed starts growing slowly with

very little heat release. During EKG period, flame is too weak for strong propaga-

tion. The end of EKR period is defined as point where second derivative of the

flame area takes a maximum value and eventually rapid heat release takes place

[113]. From this point flame propagation starts in the engine cylinder. Flame

propagation releases additional heat by fuel burning, leading to further compression

heating which drives the compression ignition in the remaining charge. The end of

the flame propagation period is defined as a point, where the combustion transi-

tion takes place to CI combustion. The compression ignition HRR is faster than
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turbulent flame propagation (due to combustion occurrence over reaction time

scale). Therefore, maxima of second derivative of HRR curve can be used as

transition point to CI combustion phase (Fig. 2.28a) [113, 115]. The CI combustion

phase is comparatively shorter, and the EKG phase is a primary source of combus-

tion phasing cyclic variability in SACI engine [113].

Fig. 2.28 (a) Illustration of different combustion phases in SACI process (Adapted from [113]).

(b) Multimode combustion diagram presenting SI, SACI and HCCI combustion zones in terms of

burned and unburned gas temperature for iso-octant [111]
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Figure 2.28b shows a conceptual diagram defining the HCCI, SACI and SI

combustion zones in terms of unburned gas temperature (TU) near TDC and burned

gas temperature (TB), which is the corresponding constant pressure adiabatic

temperature. The SACI region is enclosed by operating constraint lines of limits

for excessive knock, flame propagation, auto-ignition, bulk quenching and exces-

sive NOx emissions [111]. The shape of region or temperature range depends on

fuel and engine operating conditions. The parameter φ0 (fuel to charge equivalence

ratio [111]) is used as a primary load metric for air and/or EGR diluted mixtures.

The fuel to charge equivalence ratio (φ0) is approximately related to fuel–air

equivalence ratio (φ) by relation φ0 � φ (1 residual gas fraction). The most

successful demonstrations of SACI take place at higher equivalence ratios (φ0 ⩾
0.4) and above the proposed turbulent SI flame propagation limit line. For φ0 ⩾ 0.4,

spark can be used to advance and modify the HRR significantly [111, 116,

117]. The spark near TDC is used to improve the combustion stability for lower

equivalence ratios near φ0 ¼ 0.3, but it is not effective in advancing HRR. Analysis

of SACI data in terms of the multimode combustion diagram suggests that spark

assist is mainly useful at moderate and high engine loads for ignition and HRR

control [111]. The two basic requirements for SACI are as follows: (i) the charge

equivalence ratio and temperature must be adequately high to sustain flame prop-

agation, which is fast enough to consume fraction of charge, and (ii) the compressed

gas pressure and temperature must be sufficiently low such that the charge does not

auto-ignite until it is further compressed by flame combustion and heat release [21].

The SACI combustion has the potential of partially decoupling the combustion

phasing from peak HRR, which is one of the major technical challenges in HCCI

engines. Maximum HRR can be controlled by varying the fraction of fuel con-

sumed by flame propagation/auto-ignition at particular combustion phasing of

SACI [118]. The simulations of SACI combustion predicted 43% reduction in the

maximum HRR with increasing spark advance while only 23% reduction in

unburned charge at the time of autoignition. The variation in spark advance changes

fraction of charge consumed by flame leading to variation in the end-gas thermal

and compositional distributions prior to auto-ignition [118]. Figure 2.29 shows the

flame front location and spatial distribution of end-gas temperature in the cylinder

at 5� aTDC in SACI. Temperature is shown by colour and flame front location by

Fig. 2.29 Distribution of unburned gas temperature and flame front location at 5� aTDC for two

spark advanced timings as viewed from the above (a, b) and side (c, d) [118]
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grey surface (Fig. 2.29). More charge is consumed by flame for advanced spark

timings. Therefore, the reduction in maximum HRR during CI regime is dependent

on both the mass of the end-gas charge and the end-gas charge reactivity [118].

An experimental study conducted at constant equivalence ratio by independently

varying spark timing and unburned temperature (by internal and external EGR) in

SACI regime concluded that at constant CA50, a�40% reduction in maximumHRR

and �75% reduction in ringing intensity can be achieved while no penalty on

thermal efficiency [119]. Longer combustion duration and a larger portion of

flame-based heat release are found with decrease in unburned gas temperature and

spark advance. The study also found that bulk end-gas reactions start at a similar

unburned zone temperature (�1040K), regardless of the temperature at spark timing

[119]. Another experimental study concluded that flames could be used to consume a

substantial portion (20–30%) of the charge mass to modulate HRR in SACI com-

bustion [120]. The effect of spark assist on HCCI combustion varies with equiva-

lence ratio for mixtures diluted with preheated intake air. At higher equivalence ratio

(φ > 0.62), spark assist has much larger effect on combustion phasing, and lower

equivalence ratio (φ < 0.38) spark assist does not have significant effect on HCCI

combustion behaviour [121]. Flame propagation cannot occur, or the flame is very

weak to have significant effect on the combustion phasing at excessively dilute

(70%) low load engine operating conditions [111]. In the SACI process, the

deflagrative reaction fronts are sustained in ultra-dilute mixtures (30–60% dilution

[122]) when unburned mixture temperature is increased using charge preheating

(e.g. with intake heaters and/or hot residual gases) [116, 123]. Typically, unheated

conventional SI combustion cannot use such highly dilute mixtures, and there exists

a lean limit (~30% air dilution) for flame initiation/propagation [124]. The elevated

unburned gas temperatures are purposefully used to achieve flame propagation

within a highly dilute mixture and to ensure end-gas auto-ignition in SACI.

The dilution method affects the combustion process in LTC engine, and a variety

of dilution methods (air, EGR, etc.) are used. In HCCI combustion, EGR is more

effective to reduce peak HRR and increases the combustion duration for HCCI than

air at constant combustion phasing. A computation study showed that laminar

burning velocities decrease with increase in EGR dilution (vs. air dilution) due to

thermal and chemical effects of EGR [125]. Study found that the flame speed is

most sensitive to the high temperature chain branching and chain-terminating

reaction rates, where O2 concentration plays an important role. Thus, EGR diluted

charge is less affected by spark assist than air dilute charge for same energy content.

An experimental study reported that early HRR consistent with flame propagation

are more rapid for air dilute SACI condition than EGR dilute engine operating

conditions at constant equivalence ratio, spark timing and combustion

phasing [120].

One of the main advantages of SACI is comparatively higher engine load

operation without excessive peak PRR/knock. In SACI engine, higher load opera-

tion is possible due to mainly three reasons [21]. First, SACI operates at higher

charge density than HCCI by inducting more charge in the cylinder due to com-

paratively lower intake heating/induction of hot residuals. Higher intake charge
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requirement is compensated by heat release during flame propagation. Second,

overall lower HRR leads to higher fuelling rate and/or comparatively more

advanced combustion phasing without excessive PRR. The overall HRR is lower

because significant amount of charge is burned by flame propagation, which is

generally slower than bulk auto-ignition; overall burn duration increases. Typical

flame combustion portions are 30–40% for negative valve overlap (NVO) and

40–55% for positive valve overlap (PVO) [126]. Third, the SACI can be operated

on more retarded combustion phasing, which reduces the HRR during HCCI burn.

Retarded HCCI phasing can allow higher fuelling rates leading to higher engine

load. Figure 2.30 demonstrates the operating range extension of HCCI combustion

by SACI combustion.

Fig. 2.30 (a) The HCCI

operating range extension

by SACI using NVO in

naturally aspirated engine

(Adapted from [122]) and

(b) extension of operating

load regime by SACI using

fixed camshafts and VVT

with asymmetric NVO

(Adapted from [127])
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Figure 2.30a shows that the engine load can be well extended above the usable

range of HCCI using SACI flame-based heat release by controlling the overall

HRR. This is achieved in naturally aspirated automotive engine with CR 12.5 using

NVO for gasoline. It is reported that ringing intensity increases with CA50 advance

and combustion stability decreases with retarded combustion phasing. The engine

operating load constraints also depend on control strategy used to achieve SACI.

Figure 2.30b shows the operating regime for HCCI and SACI with fixed cam engine

and with VVT along with asymmetric NVO. Fixed cam operating range is found

comparatively lower in SACI combustion [127]. A study achieved nearly 10 bar

IMEP by continuously retarding spark timing and combustion phasing using large

PVO to control residual concentration [126]. Additionally, SACI offers a more

robust level of cycle-to-cycle control on ignition timings and increases the appli-

cability of advanced LTC in transient multimode engine operation. The spark

assistance can improve the combustion stability near misfire limit [128]. The

spark assistance has been also demonstrated as valuable misfire prevention mech-

anism during rapid combustion mode transition between HCCI and conventional

SI [129].

2.4 Thermally Stratified Compression Ignition

As discussed in Sect. 2.2.4.6, thermal stratification in HCCI combustion signifi-

cantly affects the HRR and ringing intensity. It is also discussed that cylinder wall

condition has a small influence on the thermal stratification in combustion chamber.

Instead, the TDC temperature, combustion phasing and swirl all have a significant

effect on the level of thermal stratification before auto-ignition [130]. Due to ease of

control, several LTC strategies (Sects. 2.5 and 2.6) use intentional fuel stratification

created by direct fuel injection to control the peak HRR and PRR in premixed

compression ignition. However, fuel stratification leads to a risk of higher PM and

NOx emissions due to the locally rich zones present in the cylinder. A new strategy

called thermally stratified compression ignition (TSCI) is proposed to artificially

create the thermal stratification in the cylinder [131]. In this combustion mode,

water is directly injected in the cylinder to control the mean charge temperature

along with temperature distribution in the cylinder, which offers cycle-to-cycle

control of start of combustion and HRR in premixed compression ignition. Water

injection in the port is also investigated in HCCI engine, and study indicated that

evaporative cooling in the intake manifold offers the control of ignition timings by

controlling the intake valve closing temperature [132]. Another study also used

direct water injection using diesel fuel injector to extend the load range premixed

compression ignition [133]. The study showed that the combustion suppression

effect increases with increase in water injection quantity and excessive water

injection leads to higher THC emission along with lower thermal efficiency.

Direct water injection significantly retards the combustion phasing in HCCI

engines [131]. Thermal stratification analysis is used to determine the unburned
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temperature distribution before the ignition process. The results indicate that the

temperature distribution is widened by direct water injection because evaporation

of water in the spray locally cools down the areas targeted by the spray. The areas in

the chamber not targeted by water spray remain unaffected. The effectiveness of

cooling is affected by injection timing of water [131]. The study showed that early

injection timing (at or earlier than 80� CA bTDC) is not effective in spreading the

temperature distribution because local cooling achieved by water spray got mix-out

with charge due to larger available time before ignition. For late injection timing

(at 10� CA bTDC or later), water spray not gets enough timing for evaporation, and

effects on temperature distribution are minimal. It is found that approximately

20 CAD at 2000 rpm are required to water spray for breakup and evaporation.

Therefore direct water injection can be used for cycle-to-cycle control of HRR in

LTC engines. The study showed TSCI has a 370% larger operating range than pure

HCCI combustion at particular operating conditions [131]. The TSCI strategy is

less explored in published literature in comparison to fuel stratification strategies

and needs further investigations to be practically implemented. Additionally, this

strategy might have also corrosive effect on contained components, which further

needs to be investigated.

2.5 Partially Premixed Compression Ignition

The LTC strategies can be divided into two broad categories, namely, HCCI and

SCCI, based on degree of charge premixing. In the HCCI engines, fuel vapour is

normally well mixed with the air and residual gases before compression, and charge

is over all lean (Sect. 2.2.1). Laser-based combustion diagnostics and modelling

investigations indicate that HCCI combustion is far from homogeneous even

though charge is well-mixed (Sect. 2.2.4.6). The brake thermal efficiency of

combustion engine is a product of combustion, thermodynamic, gas exchange and

mechanical efficiencies. Higher brake thermal efficiency in HCCI engines is

achieved due to lower pumping losses and higher thermodynamic efficiency

because of higher compression ratio and higher γ of working fluid in the cylinder

due to lean mixture engine operation. A study showed that the thermodynamic

efficiency of HCCI can reach up to 50% or even slightly higher, but there are some

issues with combustion, gas exchange and mechanical losses [134]. The combus-

tion efficiency is around 90% for most of the operating conditions. The HCCI

engine is mainly operated in low load range, and hence parameters such as friction

losses and cooling losses have a large impact on the achieved brake efficiency. The

overall brake thermal efficiency is found in the range of 32–42% [134]. The other

novel strategies investigated to overcome the limitation of HCCI mode are SACI

and SCCI modes. Several studies are conducted to investigate various aspects of

SACI (see Sect. 2.3), but the applicability is limited because it is very hard to

master, and it has higher cyclic variations, higher pumping loss and relatively

higher NOx emissions.
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In SCCI mode, intentional thermal or fuel stratification is used to overcome the

limitations of HCCI mode. The HCCI load control by creating bulk thermal

stratification is still a challenge, and research efforts continue (Sect. 2.4). Fuel

stratification creation in the combustion chamber is easy using direct fuel injection,

and presently all required technologies to achieve fuel stratification are available.

This category of combustion mode is generally termed as partially premixed

compression ignition (PPCI) or sometimes abbreviated as partially premixed com-

bustion (PPC), which uses direct fuel injection to modulate mixing time. The PPCI

can be considered as an intermediate process, which is a mix of conventional diesel

combustion and HCCI combustion [135]. In PPCI fuel is injected during the

compression stroke to allow sufficient premixing before ignition. Ideally, all the

fuels should be injected prior to start of ignition (positive ignition dwell), but at the

same time, fuel injection should not be too early to produce excessive HRR once

ignition starts. The ignition dwell is the time duration from end of injection to start

of ignition. Typically, conventional diesel engine has negative ignition dwell. The

positive ignition dwell in PPCI mode provides time for some degree of premixing to

all the injected fuels. Generally, positive ignition dwell is obtained by increasing

ignition delay using EGR [17]. Shorter fuel injection durations also help to obtain

positive ignition dwell in PPCI mode. The PPCI strategy is investigated for diesel-

like (high cetane fuels) and gasoline-like (low cetane fuels) fuels. First diesel PPCI

and then gasoline PPCI mode are discussed in the following sections.

2.5.1 Diesel PPCI

Conventional diesel engine combustion has a soot–NOx trade-off, and generally,

methods of reducing soot lead to increases in NOx emissions and vice versa. To

obtain simultaneous reduction in soot and NOx emissions, charge must be well

mixed (to avoid regions with unfavourable carbon–oxygen ratios, charge must also

be rich enough to prevent misfire), and combustion results into lower combustion

temperatures (below NOx formation temperature). To achieve lower combustion

temperature, most of the strategies used cooled EGR. To achieve premixed charge

combustion, high degree of fuel–air mixing is required before ignition. The forma-

tion of premixed mixture is mainly determined by location and timing of fuel

injection. Since diesel is a non-volatile fuel, direct injection is preferred for

premixed combustion. In diesel PPCI mode, two different strategies of direct

injection are used, namely, early direct injection and late direct injection with

respect to conventional diesel combustion (CDC) injection timings. In early direct

injection strategy, fuel is injected directly into the cylinder during the compression

stroke, well before TDC to allow time for sufficient fuel-air mixing. The generic

combustion with early direct injection is typically known as premixed charge

compression ignition (PCCI) [136]. In late direct injections, fuel is injected just

before TDC or towards the start of expansion stroke. This injection concept is the

basis of the modulated kinetics (MK) and highly premixed late injection (HPLI)
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combustion strategies in LTC regime [137, 138]. In MK combustion mode, high

swirl ratio is used to improve the mixture formation; and to increase the ignition

delay, a reduction in compression ratio and cooled EGR is used. High injection

pressure in combination with higher nozzle orifice diameter is used to reduce

the fuel injection duration. The combination of lower oxygen concentration

(by EGR) and retarded fuel injection timings leads to simultaneous reduction in

NOx and soot emissions in MK concept.

In early direct injection PCCI combustion, various strategies exist such as

premixed lean diesel combustion (PREDIC), multiple stage diesel combustion

(MULDIC), homogeneous charge intelligent multiple injection combustion

(HiMICS), premixed compression ignition (PCI), uniform bulky combustion sys-

tem (UNIBUS) and narrow angle direct injection (NADI). These strategies use one

or more injectors, and single or multiple injections in an engine combustion cycle.

The start of fuel injection is limited by misfiring due to overmixing (in very early

injection) in most of the early injection systems. In the first study of PREDIC

strategy, different injector configurations and positions are investigated in combi-

nation with variation of injection timings for mixing the fuel [139]. Fuel is injected

simultaneously with two side injectors in order to avoid collision of the fuel spray

with the cylinder liner. The mixing of air and fuel is promoted by using long

ignition delay. Low NOx and soot emission is achieved because of the good fuel-

air mixing and lower combustion temperature. However, results are mainly affected

by the fuel injection timings, geometrical arrangement of injectors and charge

dilution. Another study presented several improvements in PREDIC strategy and

shows that maximum achievable load in PREDIC mode is 50% of naturally

aspirated conventional diesel combustion [140]. This limit comes from the limit

in excess air ratio to maintain low NOx and from maximum cylinder pressure

limitations (knocking). To extend the PREDIC operation range, a second injection

around TDC is introduced in the MULDIC system, which combines a lean

premixed combustion (PREDIC) with a more conventional diffusion combustion

separated in time [141]. Similarly, the PCI combustion concept uses a conventional

direct injection diesel injector, an early start of injection and a reduced compression

ratio to achieve low NOx emission [142]. The UNIBUS system used a fuel injector

with a pintle-type nozzle featuring a large hole and a bulbous protrusion to reduce

penetration and keep the fuel mixture in the centre of the cylinder away from the

cylinder wall [143]. In NADI combustion strategy, the combustion chamber design

and spray formation are optimized for early injection by using nozzles with a

narrow spray include angle (around 80�) such that fuel can be injected in early

compression stroke at relatively lower charge density and temperature environment

[144]. In this system, engine can operate in conventional mode at full load with a

careful design of the piston bowl geometry. Most of the early direct injection

systems can achieve lower NOx and soot emissions only at lower engine load

conditions.

The ignition characteristics and heat release in PPCI combustion mode are

significantly different from conventional diffusion-controlled diesel combustion.

In LTC mode, initial ignition reactions occur at slower rate than conventional diesel
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combustion due to higher dilution and premixing along with relatively cooled

cylinder gases (due to EGR). Figure 2.31 shows the heat release characteristics in

early and late direct injection PPCI vis-�a-vis conventional diesel engine at similar

engine load conditions (~4 bar IMEP). In conventional diesel combustion, two

distinct combustion phases of premixed combustion and mixing-controlled

Fig. 2.31 Variations of HRR for early and late direct injection PPCI and conventional diesel

engine at similar engine load conditions (Adapted from [5, 145, 146])
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combustion are observed after the ignition delay period. In the conventional diesel

engine, fuel injection starts near TDC (~11� bTDC) in compressed hot (~990 K) and

high density (16 kg/m3) air [5]. The fuel spray mixes with hot air, and vaporization

starts by taking thermal energy from surrounding hot air. The decrease in sensible

thermal energy due to vaporization manifests as decrease in HRR during ignition

delay period. The fuel–air mixture prepared during ignition delay period auto-

ignites simultaneously during premixed phase combustion leading to high peak

HRR. The HRR during this period is mainly controlled by chemical kinetics of the

mixture formed during the ignition delay period. The HRR decreases significantly

after premixed combustion phase due to limited charge preparation by diffusion-

controlled process. In mixing-controlled combustion phase, combustion rate is

mainly controlled by evaporation and mixing process in the spray instead of

chemical kinetics. In typical PPCI combustion mode, the HRR exhibits additional

characteristics (two-stage heat release), which is not present in conventional diesel

HRR. In the early injection PPCI, fuel injection starts comparatively early (~22�

bTDC), where cylinder charge is relatively cooler (~770 K) and less dense (11 kg/m3)

[17]. The first-stage heat release begins near 15� bTDC and ends near 11� bTDC

(Fig. 2.31). The second-stage heat release rate is very high (nearly three times of

conventional HRR) and is observed in early PPCI mode. In this case, no significant

mixing-controlled heat release is observed. The late injection PPCI strategy has

similar characteristics to early PPCI with a comparatively lower peak HRR and

more significant mixing-controlled combustion phase.

Large fraction of diesel fuel typically consists of long straight-chain alkanes,

which mainly governs the two-stage heat release in LTC regime. Although diesel is

a mixture of hundreds of chemical species, significant insight into kinetics of diesel

combustion can be obtained by investigation of single straight-chain alkane surro-

gate. The n-heptane is typically considered as surrogate fuel for diesel as its ignition

delay and HRR characteristics in engine are similar to diesel [17]. Figure 2.32

shows the ignition behaviour and temperature evolution in early and late injection

PPCI mode using n-heptane as fuel. Important insight into heat release process in

PPCI mode can be obtained by analysing the evolution of few important species

during combustion. Additionally, the behaviour of species like formaldehyde

(HCHO) and hydroxyl radical assists in the analysis of laser diagnostic data as

these species are accessible in optical diagnostic techniques [17]. Figure shows that

a pool of ketohydroperoxide (KPH) species is formed in pre-ignition reaction just

before first-stage heat release. The KPH species plays an important role in first-

stage ignition in PPCI combustion. The sequence of reaction starts with O2, and

subsequently, hydrogen atom abstraction from parent fuel molecule occurs by

hydroxyl and hydroperoxy radicals that results into alkyl radical formation. The

alkyl radical reacts with oxygen molecule to form alkylperoxy radicals (RO2). After

several isomerization reactions, a relatively stable KPH is formed. The decompo-

sition of the RO2 and KPH molecules generates OH and other radicals, which

further reacts with the parent fuel molecules. This process accelerates the ignition

reactions. At higher temperatures (above 850), formation of RO2 is curtailed

(reaction R3, Sect. 2.2.2) due to higher reverse reaction rate, and this slows down
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the reactions building KHP pool (Fig. 2.32). Three important species (formalde-

hyde, hydrogen peroxide and CO) are formed in first-stage heat release [17]. The

KHP decomposition leads to the formation of oxygenated hydrocarbons, which

forms formaldehyde after decomposition. A pool of H2O2 is formed and it has an

Fig. 2.32 Ignition

behaviour of vapour-phase

n-heptane for (a) early

injection (initial

temperature 802 K) and (b)

late injection (initial

temperature 870 K) PPCI

conditions [17]
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important role in HTHR (Sect. 2.2.2). The H2O2 decomposition exceeds produc-

tion, as charge temperature rises above 1000 K leading to formation of pool of

OH radicals, which accelerates the overall oxidation rate. The CO is also formed

during the first-stage heat release. However, CO is mostly formed in the early part

of the second-stage heat release (Fig. 2.32). Figure shows that second-stage heat

release in late injection PPCI has comparatively longer span than early injection

PPCI, which is also shown in Fig. 2.31. However first-stage heat release is com-

paratively smaller. Early injection PPCI mode does not suffer from incomplete

combustion in leaner zones to the same degree as late injection PPCI mode. In the

late injection PPCI conditions, the charge cools during the expansion stroke that

prevents the progress of second-stage ignition. The more complete discussion on

combustion reactions in PPCI can be found in original study [17].

Progress of combustion process in PPCI mode is significantly different from

conventional diesel combustion mode as illustrated by conceptual model presented

in Fig. 2.33. In the early injection conditions, fuel is injected at low temperature and

less dense environment leading to comparatively higher liquid length than conven-

tional combustion mode because of fast jet penetration. The instantaneous liquid

length decreases by vaporization of downstream portion of fuel jet due to mixing by

propagation of entrainment wave (indicated by vertical lines) around 7� ASI after
peak injection rate. The fuel is fully vaporized within 1� after the end of injection

(EOI) in the PPCI condition investigated in the study [17]. Ignition processes for the

PPCI jet diverge from the conventional diesel jet after the initial jet penetration. In

conventional diesel combustion (CDC), first fuel-rich portions of the spray jet

ignite, and soot precursors formed during the premixed combustion, followed by

the soot formation. In PPCI mode, fuel injection ends before second-stage heat

release, and OH radical formed near the peak of the second-stage heat release. The

OH and formaldehyde distributions do not overlap spatially in the chamber. Some

fuel-rich zones are apparent in the downstream jet, where formaldehyde is con-

sumed, but OH does not appear due to the too rich mixtures for accumulating

significant OH radical. After few CAD, soot precursors and soot appear within the

rich pockets, typically surrounded by OH radical. The soot pockets in PPCI jets are

formed in far downstream, near the head vortex, while in conventional diesel jets,

soot fills the jet cross-section. Refer to the original study for detailed description of

the PPCI model in LTC regime [17].

The main disadvantage of diesel PPCI mode is requirement of very high EGR

(upto 80%) for achieving simultaneously low soot and NOx at higher engine load

conditions [147]. The combustion efficiency is very low (~85%) at this very high

EGR operating conditions. The compression ratio also needs to be reduced to have

lower soot concentration, which limits the expansion ratio. Figure 2.34 shows the

variations of NOx and soot with EGR at different compression ratios. The figure

shows that at higher compression ratio, soot formation starts increasing for EGR

greater than 50% (Fig. 2.34b) and below 50% EGR, NOx emission is higher. For

simultaneous reduction of the NOx and soot emissions, lower compression ratio and

higher EGR are required in diesel partially premixed combustion. The use of

thermodynamically better compression ratio similar to present diesel engines
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(~CR ¼ 18) significantly lowers the ignition delay due to the increase in temper-

ature and pressure in the cylinder. Lower ignition delay limits the premixing of fuel,

and this will limit the achievable high load with PPCI using diesel.

Fig. 2.33 Conceptual model for conventional and LTC (single injection EGR diluted) diesel

combustion for heavy-duty engine [17]
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To overcome the problem of shorter ignition delay, low cetane (high octane) fuel

is used in PPCI mode, and very low NOx and soot are obtained at moderate EGR

(50%) at a 15 bar net IMEP [148]. The combustion efficiency approaches to 98%

even at very close to stoichiometric engine operation with 50% of EGR. This result

leads to the further research in low cetane (high octane, gasoline-like) fuels in PPCI

engines. The gasoline PPCI is discussed in the next section.

Fig. 2.34 Variation of NOx and soot emissions with EGR at 8 bar IMEP for (a) CR¼ 12.4 and (b)

CR ¼ 17.1 (Adapted from [147])
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2.5.2 Gasoline PPCI

Inhomogeneities (thermal and fuel stratifications) play a key role in controlling PRR

in premixed compression ignition engines (Sect. 2.2.4.6). Thermal stratification has

a potential to control HRR in premixed compression ignition engines. Natural

thermal stratification exists in cylinder, but it is difficult to create or control thermal

stratification in the bulk charge of cylinder. The very unusual methods along with

sophisticated control are required to achieve variations in the bulk temperature

distribution that utilizes the thermal stratification strategy well (Sect. 2.4). Fuel

stratification is typically achieved by varying the fuel injection timings or by using

multiple injection strategies. This strategy creates zones of different fuel concentra-

tions in the combustion chamber, which leads to sequential auto-ignition. The zones

with higher fuel concentration auto-ignite first and comparatively lower concentra-

tion zone next. Sequential auto-ignition in the distribution of equivalence ratio leads

to the reduction in peakHRR and extends the combustion duration. The advantage of

fuel stratification depends on the φ-sensitivity of fuel (Fig. 2.15). The more

φ-sensitive fuel has higher potential to utilize the fuel stratification strategy. Fuels

like gasoline show higher φ-sensitivity at higher intake pressure in comparison to

naturally aspirated conditions. Therefore, gasoline can be used in PPCI combustion

at higher intake pressure conditions more effectively depending on the stratification

levels in the cylinder. As discussed in Sect. 2.5.1, diesel PPCI has limitations on

higher load limits. To overcome the limitations of diesel PPCI combustion, gasoline

PPCI combustion is proposed. This strategy has various names by different groups of

researchers such as PPCI [149], gasoline compression ignition (GCI) [150, 151],

partially premixed combustion (PPC) [135], low temperature gasoline combustion

(LTGC) [110] and gasoline direct injection compression ignition (GDCI) [152]. All

these strategies used gasoline-like single fuel in the cylinder. Dual fuel-stratified

PPCI is known as reactivity-controlled compression ignition (RCCI), which uses

two different reactivity fuels for combustion (discussed in Sect. 2.6).

Figure 2.35 demonstrates the LTC strategies based on the level of fuel stratifi-

cation in the cylinder from fully premixed to heterogeneous conventional diesel

combustion. Using diesel, two different LTC strategies exist, namely, RCCI and

PCCI. In RCCI combustion, low reactivity (gasoline-like) fuel is premixed, and

high reactivity (diesel-like) fuel is directly injected to create reactivity stratification

in the cylinder. Partially premixed combustion using diesel is known as PCCI (see

Sect. 2.5.1). The gasoline PPCI strategies can be divided into three main categories:

(i) partial fuel stratification (PFS), (ii) moderate fuel stratification (MFS) and (iii)

heavy fuel stratification (HFS) (Fig. 2.35) based on degree of fuel stratification in

the combustion chamber [6]. The gasoline PPCI is first introduced and experimen-

tally demonstrated in 2005 [148, 153]. Consequently several studies are conducted

in PFS [21, 71–73, 78, 154–157], MFS [152, 158–163] and HFS [164–172] regime.

In PFS strategy, homogeneous part of charge is prepared by either port fuel

injection or very early direct fuel injection, and stratification is created using

subsequent direct injection of fuel in small quantity. Stratification is created in

such a way that sequential auto-ignition takes place while keeping ultralow NOx

and soot emissions.
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In the MFS strategy, stratification level is higher in comparison to PFS, and it is

increased by reducing the amount of premixed fuel. Generally in MFS strategy, all

the fuels are injected directly in the cylinder during compression stroke and a fuel

injection event near TDC (around 15% of total fuel) to trigger combustion [6]. The

HFS strategy has highest level of fuel stratification and it typically has very less

premixed fuel. Multiple direct injection events relatively close to TDC is used for

charge preparation in HFS strategy. The HFS strategy uses higher fuel injection

pressure in comparison to PFS and MFS for completing the injection events before

the start of ignition.

The PFS and MFS strategies have comparatively lower combustion efficiency

especially at lower engine loads due to lower combustion temperature achieved

using leaner mixture. However, reduced heat loss and higher ratio of specific heat

(due to leaner mixture) of charge lead to higher thermal efficiency. The NOx
emissions are strongly connected with the level of fuel stratification and decrease

as mixture becomes more homogeneous [6]. Therefore, higher amount of EGR is

required in HFS strategy for LTC operation and lower NOx emissions. A study

conducted for a variety of gasoline fuels (in PPC combustion mode with HFS-like

strategy) shows that around 50% EGR is required to keep NOx emission at low level

[166]. This EGR percentage is still below than the EGR required for diesel PPCI.

This requirement puts pressure to have efficient air handling system to supply high

level of EGR and overall lean mixture especially at higher engine load operations.

In HFS strategy, ignition timing is governed by injection timings; therefore com-

bustion phasing can be controlled on a cycle-to-cycle basis. The MFS strategy has

Fig. 2.35 Illustration of LTC strategies in advanced CI engines using gasoline and diesel based on

level of stratification in the cylinder [6]
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comparatively lower PRR and longer combustion duration than HFS strategy. In

MFS strategy, the combustion phasing is typically controlled by the last fuel

injection near TDC.

In the gasoline PPCI mode, fuel injection strategy is central to overall gasoline

compression ignition concept. A study suggested the multiple late injections of

gasoline (RON91) in GDCI strategy (in MFS regime). In GDCI mode, directly

injected gasoline vaporizes and mixes rapidly at low injection pressure typical of

gasoline direct injection (GDI) engines [152]. Injection strategy used in GDCI

mode is shown in Fig. 2.36a on φ-T map. The colour contours in φ-T map show

simulated CO emissions. The fuel injection process can have one, two or three

injections per cycle in cylinder during compression stroke (indicated as quantities

Fig. 2.36 (a) Illustration of GDCI fuel injection strategy. Reprinted with permission Copyright

© 2014 SAE International [161]. (b) Variation of combustion phasing, COV of IMEP and ISNOx

as function of last injection timing at moderate EGR (Adapted from [152])
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Q1, Q2 and Q3 in φ-T map). Every injection event starts in the upper left of the φ-T
map (liquid), which rapidly vaporizes and mixes to equivalence ratio less than two

prior to the start of ignition. At the beginning of ignition, fuel–air mixture is

stratified to obtain controlled heat release and stable ignition [161]. The ideal fuel

injection process is represented by ideal “stratification line” in Fig. 2.36a. The

combustion process must occur in the rectangular region (Fig. 2.36) to achieve low

NOx and PM emissions simultaneously. To minimize CO emissions also, combus-

tion must occur in the region 0 < φ < 1.2 and temperature 1300� < T < 2200�

K. Therefore, at the beginning of combustion (around TDC), all parcels in the

cylinder should be no richer than φ of approximately 1.2 [152]. To achieve the

GDCI combustion mode, study used centrally mounted injector, a shallow pent roof

combustion chamber, and 15:1 compression ratio engine. To support fuel injection-

controlled mixture stratification, a quiescent open chamber design is used. Swirl,

tumble and squish motions are minimized because excessive charge motion may

destroy the fuel stratification created during the fuel injection events [161]. The

piston bowl shape and injector spray characteristics are also matched for typical

GDCI injection timings for significant reduction in piston surface area and lower

propensity for cylinder wall wetting.

Figure 2.36b illustrates the GDCI combustion process using a double injection

strategy and moderate EGR for 6 bar IMEP at 1500 rpm. A characteristic U-shaped

response of CA50 is obtained by varying the start of injection (SOI) for the last fuel

injection even in the cycle, and hence, combustion phasing to be controlled in one

of two regimes (GDCI early and late injection). In GDCI late injection regime,

combustion phasing retards as injection timing is delayed similar to the response of

a CDC system. In this regime, ignition dwell (IDW) is relatively low. In the GDCI

early injection regime, combustion phasing retards as injection timing advances.

Authors of the study attributed this observation to the significant increase in IDW

due to lower cylinder pressure and temperature [152]. Combustion stability is

measured by coefficient of variation (COV) of IMEP, and combustion stability

decreases as combustion phasing retards (Fig. 2.36b).

Another study investigated the nature of heat release in gasoline PPCI engines

using PFI/DI split injection (60/40) strategy at 1200 rpm, 15.1 compression ratio

and 1.8 bar intake pressure [149]. The PFI is used for preparing the premixed

charge, and DI is used to create stratification which controls the combustion

phasing. Figure 2.37 shows the variation of maximum pressure rise rate (MPRR),

ignition timing (CA10) and combustion phasing (CA50) with DI timings at 15%

EGR. Three regimes (A, B and C) are found in behaviour of maximum PRR

(marked in Fig. 2.37).

In regime A, as injection is retarded from 30� aBDC (intake) to 105� aBDC, the
maximum PRR reduces significantly (from 9 MPa/ms to 1.8 MPa/ms), and the

corresponding retard is also observed in the combustion phasing (CA10 and CA50).

However, the combustion becomes erratic and ignition fails with further injection

retard (beyond 105�aBDC) but retarded injection timings beyond 140�aBDC; the
combustion stabilizes again [149]. In the regime A, ignition delay is longer due to

injection in low temperature and pressure charge. With SOI retard, ignition delay
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decreases, but it is not enough to compensate for the retard of SOI and hence CA10

delays with retarded SOI. In regimeB, further injection retard leads to the increase in

maximum PRR, and it goes up to very high peak of 37 MPa/ms. In this regime, fuel

stratification is also higher, and ignition delay is shorter due to injection at rela-

tively higher cylinder pressure and temperature. The fuel-rich zones in the high

temperature environment have a shorter ignition delay, which compensates for the

retarded SOI. Therefore, retarded injection timing results in advancement of ignition

(CA10). In regime C, maximum PRR decreases with further retard of DI injection

timing, and with late DI timings, the heat release becomes more a two-part process,

in which the mass fraction burned curve first shows a slower burn followed by a

faster burn [149]. In this regime, ignition delay is very short due to fuel injection in

higher temperature and pressure conditions. The time needed to physically evapo-

rate and mix fuel overpowers the gain in shortening the delay at this stratification

level. Therefore, trend reverses again and the combustion retards with the retard of

SOI. This study further concluded that maximum PRR correlates mostly with the

combustion phasing that changes the mixture temperature at point of ignition. It is

also suggested that the main effect of SOI is to change the combustion phasing, and

the MPRR responds to the combusting phasing change [149].

A recent study developed a reduced chemical mechanism for five-component

gasoline surrogate and investigated the heat release characteristics in GCI engine

[173]. This study concluded that with comparatively early direct injection timings

(�52� aTDC), the GCI combustion process can be understood as a partially

sequential auto-ignition by the competition between the charge cooling effect and

the ϕ-sensitivity effect for the stratified mixture. The partial sequential autoignition

lowers the peak PRR. In case of late DI (�5� aTDC) timing, the GCI combustion

duration is increased due to the mixing process between the late injected fuel and

Fig. 2.37 Maximum PRR, CA10 and CA50 versus DI timings in PPCI engine (Adapted from [149])
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the well-mixed mixture. Thus, the GCI combustion can be decoupled into a

partially sequential auto-ignition and a subsequent non-premixed combustion.

A study investigated the degree of stratification at low load engine conditions for

different injection strategies using OH chemiluminescence imaging at constant NVO,

inlet pressure (1.3) and λ (3.5) and inlet temperature (80) [162]. Figure 2.38 shows the

sequential combustion images and HRR for single injection. In this case, there is a

Fig. 2.38 OH – chemiluminescence and heat release rate for single, double and triple injection in

PPC combustion (Adapted from [162])
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zone with rich mixture starting auto-ignition at 4� aTDC, and consequently five

different combustion zones are appearing at around 7� aTDC. There is no significant
difference observed in HRR from single and double injection. The early first injection

in the compression stroke gives sufficient time for the stratified charge to mix with the

surroundings before start of combustion [162]. In case of three injection, peak HRR is

much lower, and combustion duration is comparatively longer. In this case, auto-

ignition initiates at the outer rim of the combustion chamber. The first fuel injection

pulse creates a rather homogeneous charge, and second injection pulse produces a

stratification in the combustion chamber and generating zones with higher reactivity.

The fuel injection in third pulse burns high reactivity zones first, and then the reaction

extends to the relatively leaner zones [162].

Fuel effects on ignition delay and low temperature reactions (LTR) during PPC

are analysed using different research octane number (RON) surrogate fuels

[174]. The study found that the increase in ignition delay as RON value increases.

Ignition delay in PPC engine is more influenced by alcohol than aromatics due to

increases in RON value. A proportional correlation between LTR and ignition delay

is observed. Another interesting finding of the study is that the ethanol and toluene

amplified the LTR phase, while n-heptane suppressed it in PPC mode which is in

contradiction to what was reported in HCCI mode [174]. Another study investi-

gated nine fuels in the boiling point range of gasoline but with an octane number

spanning from 69 to 99 in PPC mode in the range of 5 and 25 bar gross IMEP at

1250 rpm [166]. The study concluded that a fuel in the boiling point range of

gasoline with an octane number in the range of 70 is the best fuel for PPC engine

from maximum load to idle condition. The study conducted in HFS regime used

high boost level combined with �50% of EGR and �1.4 of λ, which allowed

around 53.5% gross indicated efficiency throughout the entire test load sweep. The

boost pressure, λ, injection pressure and main injection timings used for different

loads in PPC are illustrated in Fig. 2.39 for RON70 fuel. Figure shows that very

high boost pressure along with higher EGR rate is required for PPC mode combus-

tion at higher engine loads. Fuel injection pressure used is also very high

(~2400 bar). Therefore, to run in PPC mode at higher engine load, very efficient

air handling and fuel injection system is required.

2.6 Reactivity-Controlled Compression Ignition

2.6.1 RCCI Fundamentals

Reactivity-controlled compression ignition (RCCI) strategy is also in the category

of partially premixed compression ignition, and it uses two fuels of different

reactivities. Thus, RCCI can be named as dual fuel partially premixed combustion.

The premixed compression ignition modes have two major challenges of combus-

tion phasing and combustion rate control. To have better control on combustion
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phasing, direct fuel injection strategy is typically used, but sufficiently long ignition

delay is provided for mixing. Due to positive ignition dwell in these strategies,

injection and ignition process is decoupled. Thus, chemistry time scales should be

controlled to achieve appropriate combustion phasing. The GCI strategies (Sect.

2.5.2) have shown significant potential to achieve higher engine load at higher

efficiency as well as lower NOx and PM emissions. In GCI strategies, achieving

combustion at lower engine load is difficult due to lower auto-ignition reactivity of

gasoline. Diesel has higher reactivity but it has difficulty of controlling combustion

phasing at higher engine loads in PPCI mode (Sect. 2.5.1). Therefore, studies

explored the premixed compression ignition using blends of different fuel

Fig. 2.39 EGR, λ, absolute inlet pressure, common rail pressure and start of main injection as a

function of load in PPC engine (Adapted from [162])
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reactivities [175–177]. A study concluded that the best fuel for HCCI combustion

has autoignition reactivity between diesel and gasoline fuels [176]. Studies

suggested that different fuel blends are required at different engine operating

conditions such as a high reactivity fuel at lower engine loads and a low reactivity

fuel at higher engine loads. Thus, in-cylinder blending of two different reactivities

can be beneficial in PPCI combustion.

Thermal and fuel stratification in the cylinder is a promising strategy to control

the HRR in premixed charge CI engines (Sect. 2.2.4.6). Partial fuel stratification

and thermal stratification introduce the gradients into the auto-ignition characteris-

tics (i.e. the ignition delay) of the charge [175]. The HRR depends on speed of

propagation of multiple ignition fronts in the chamber. Speed of a propagating

subsonic spontaneous ignition front (Sig) is related to spatial gradient in ignition

delay (∇τ) by inverse relation (Sig¼ 1/j∇τj) [175, 178, 179]. Inverse relation of

ignition delay gradient to ignition front propagation shows that controlling the

gradients in ignition delay is critical to control the HRR of premixed combustion.

Ignition delay gradient depends on state of mixture and the state of surrounding

mixtures that interact through transport and compression heating. Ignition delay is a

function of temperature, pressure, composition, equivalence ratio and fuel type. The

dependency of ignition delay and associated HRR on fuel type suggests that

in-cylinder fuel blending can be beneficial to control the HRR also. Thus,

in-cylinder fuel blending of two fuels with different reactivities has the potential

for simultaneous control of the HRR and combustion phasing, and hence, RCCI

combustion is investigated in detail [175].

The RCCI combustion is a dual fuel LTC strategy. In this strategy, two fuels of

different auto-ignition reactivities (high and low reactivity) are used for premixed

charge preparation by in-cylinder fuel blending. This strategy adopts multiple

injection strategies and appropriate EGR level for controlling the in-cylinder

reactivity to optimize the combustion phasing and combustion duration, which

leads to higher thermal efficiency along with simultaneous reduction of NOx and

soot emissions to ultralow level [180, 181]. Figure 2.40 schematically illustrates

RCCI combustion concept. The low reactivity fuels (gasoline-like fuels) are

injected in intake manifold using port fuel injection (PFI) system, which premixes

with air during intake stroke, due to their volatile nature. The high reactivity fuel

(diesel-like fuels) is directly injected in the cylinder using DI system with a single,

double or triple injection strategy during compression stroke. The early injected

high reactivity fuel targets the squish region of the combustion chamber, whereas

the relatively late injected high reactivity fuel acts as an ignition source

[181, 182]. The dilute gasoline–air mixture does not auto-ignite without diesel

injection in cylinder. The ratio of low and high reactivity fuel and injection timings

of high reactivity fuel can be used to control the RCCI combustion process.

Injection of two different auto-ignition reactivity fuels creates both the reactivity

and equivalence ratio (φ) stratifications in the entire combustion chamber. Reac-

tivity stratification adds an additional fast-response control parameter in the form of

fuel chemistry, enabling the global fuel properties to change across the operating

map.
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Effect of fuel distribution due to start of injection (SOI) timings of high reac-

tivity fuel in RCCI combustion (with iso-octane as the premixed low reactivity fuel

and n-heptane as the direct injected high reactivity fuel) is demonstrated by optical

imaging study [183]. The high-speed combustion luminosity imaging in Fig. 2.41

shows distinctly different combustion events for the early, mid and late SOI

timings. Figure 2.41 shows the effect of injection timing on the combustion process

as the combustion event progresses in the cylinder due to φ- and reactivity strati-

fication. The differences in combustion characteristics are due to differences in the

mixing times of the three cases. The early SOI timing results in rapid energy release

due to an under-stratified (overmixed) charge, and the late SOI timing results in

rapid energy release due to an over-stratified charge (under-mixed) [183]. The mid

SOI timing (�50� ATDC) is a representative of typical RCCI injection timings and

demonstrated a long heat release duration due to the stratified nature of the

moderately premixed charge.

Figure 2.42 depicts the PRF (primary reference fuel), equivalence ratio and

ignition delay distributions near the cylinder wall from the optical study

Fig. 2.40 Schematic diagram of RCCI combustion mode (Adapted from [182])
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[183]. The numbers shown agaist PRF are octane number of PRF fuel (Fig. 2.42).

Large variations in PRF distribution are observed for �15� SOI, and very rich

regions exist for this injection timing. Study concluded that the high equivalence

ratio regions (φ> 0.6) are accountable for the high HRR (for SOI�15�) because of
the almost same ignition delay in these regions (Fig. 2.42b, rightmost image). The

ignition delay sensitivity to φ decreases with increased φ beyond about φ ¼ 0.6.

Due to lack of ignition delay sensitivity, almost entire mixture ignited in a very

small combustion duration [183, 184]. Combustion timing and duration are depen-

dent on the ignition delay gradients in RCCI combustion. It is well known that short

ignition delays lead to advanced combustion phasing, while long ignition delays

result in retarded combustion phasing. The smaller ignition delay gradients result in

short combustion durations and large ignition delay gradients result in long com-

bustion durations in RCCI engine [184]. The ignition delay gradient is very small

Fig. 2.41 High-speed movie sequence showing liquid fuel sprays and natural luminosity for the

cases with common rail SOI timings of �155�, �50� and �15� ATDC. The number in the upper

left-hand corner of each image shows the crank angle at which the image is acquired. Reprinted

with permission Copyright © 2012 SAE International [183]. Regions coloured red indicate

saturation
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for overmixed case (�145� SOI case) leading to short combustion duration and

high HRR. The relatively larger ignition delay gradient (produced by both the

reactivity and equivalence ratio distributions (Fig. 2.42)) is responsible for the

longer combustion duration and lower HRR for the �50� SOI condition.
The evolution of PRF distribution with respect to crank angle position is shown

in Fig. 2.43 for RCCI combustion with two direct injections. The figure shows that

at �50�ATDC (shortly after the first injection), vapour fuel has penetrated near to

the cylinder walls. As piston moves by �45�ATDC position, the fuel vapour starts

spreading along the cylinder liner. The PRF number in the upstream zone rapidly

starts decreasing due to the further penetration of vapour fuel and entraining

ambient gas (air and iso-octane) [185]. At �45�ATDC position, second injection

occurs and mixes with cylinder charge with slower penetration because of the

higher ambient densities at time of second injection. The ensemble-averaged PRF

number in the head of the jet is approximately 40 (i.e. a 40–60 blend of iso-octane

and n-heptane) at�25�ATDC position. It can be noticed that much of the fuel from

the first injection has mixed to produce a relatively uniform mixture in the squish

region of the chamber with a PRF number ranging from 55 to 60, outside region is

influenced by the second fuel injection [185]. Figure 2.43 also shows that the charge

continues to mix in the duration between �21� and �5� ATDC. Highest reactivity
region remains positioned in the downstream portion of the jet, near the cylinder

Fig. 2.42 (a) Ensemble-averaged PRF and equivalence ratio distributions and (b) corresponding

ignition delay (calculated from constant volume adiabatic simulations) at �5� CA ATDC for

different SOI timings. Reprinted with permission Copyright © 2012 SAE International [183]
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wall. The fuel reactivity reduces with decreasing distance from the cylinder centre.

A more complete discussion can be found on original study [185].

The reactivity in RCCI combustion chamber can be characterized into global

reactivity and reactivity gradient/distribution [181]. Global reactivity of charge is

purely estimated by the amount of each fuel and the auto-ignition reactivity indices

of fuels. The reactivity gradient is associated with the spray penetration of directly

Fig. 2.43 Sequence of ensemble-averaged PRF maps at different crank angle positions during the

common rail injection event and prior to ignition event in RCCI engine [185]
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injected high reactivity fuel and the entrainment of surrounding charge. A study

investigated the individual effect of reactivity, equivalence ratio stratification and

temperature stratifications using combination of optical diagnostics and chemical

kinetic modelling [185]. Figure 2.44a depicts the predicted ignition delays (esti-

mated using chemical kinetic simulations in constant volume chamber) as a func-

tion of distance from the cylinder centre to various combinations of φ-, PRF and

temperature stratification. Figure 2.44 depicts that temperature stratification com-

petes with the φ- and PRF stratification (i.e. zones having high φ and low PRF

numbers achieve lower temperatures due to evaporative cooling). Thus, the absence

of the temperature stratification increases the spread between the least reactive and

most reactive regions (Fig. 2.44a). Temperature stratification alone has a small

Fig. 2.43 (continued)
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effect on the ignition delay (Fig. 2.44a, case7), and PRF stratification has most

significant effects (Fig. 2.44a, case4). The study concluded that PRF number

stratification is the dominant factor for controlling the ignition location and growth

rate of the reaction region [185]. The equivalence ratio (φ) has comparatively

smaller effect but it is significant.

Figure 2.44b demonstrates the effect of fuel reactivity gradient on HRR and

PRR. In case of only φ-stratification, every zone ignites almost simultaneously,

which leads to shorter combustion duration and higher PPR. In case of φ- and PRF

Fig. 2.44 (a) Effects of equivalence ratio (φ), PRF and temperature stratification on radial

variation of the predicted ignition delay [185] and (b) calculated cylinder and HRR with and

without fuel reactivity gradient (Adapted from [186])
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stratification, zones that are more reactive ignite significantly early in the cycle, and

energy release between zones is staged such that the combustion duration is

considerably increased leading to lower PRR (Fig. 2.44b). Therefore, effects of

φ- and reactivity stratifications must be considered simultaneously in the RCCI

combustion mode [187].

2.6.2 RCCI Fuel Management

Fuel reactivity gradient has a crucial role in RCCI combustion characteristics.

Researchers have extensively investigated different types of low and high reactivity

fuels with their different combinations in RCCI combustion. The RCCI combustion

fuelling strategy is of mainly two types: dual fuel strategy and single fuel strategy

(along with cetane improver). In dual fuel strategy, two different reactivity fuels are

used to create the reactivity gradient in the combustion chamber, and therefore two

fuel tanks are required in this particular strategy [181]. This requirement to refuel

two fuel systems can result in decreased market acceptance. An alternative to dual

fuel strategy is suggested using a single fuel stock with the same fuel delivery

system but with the addition of a highly reactive cetane improver in small concen-

tration to the DI fuelling system [187]. High reactivity cetane improver creates

reactivity gradient in the cylinder, and φ-gradients are created by direct injection

similar to dual fuel strategy. Two common cetane number (CN) improvers are

2-ethylhexyl nitrate (2-EHN) and ditertiary butyl peroxide (DTBP). Significant

increase in CN is achieved by using only a small percentage of either of these

chemicals [188, 189].

In the dual fuel strategy, gasoline and natural gas are most widely used as low

reactivity fuel in RCCI combustion with diesel as high reactivity fuel [180, 181,

190]. Renewable fuels such as methanol, ethanol and iso-butanol are also consid-

ered as substitute of gasoline for low reactivity fuel in RCCI combustion [191–

194]. A study compared the combinations of methanol/diesel and gasoline/diesel

and indicated that the use of methanol could extend the RCCI engine operating load

with relatively lower requirement of EGR [193]. Another study investigated dif-

ferent types of low reactivity fuels (various blends of ethanol/gasoline) in a RCCI

engine and found that lower premixed ratio of E85 (85% of ethanol in volume) is

required to obtain a stable combustion [195]. Typically, diesel and biodiesel are

used as high reactivity fuels in RCCI engine [181, 196]. The RCCI engine fuelled

by gasoline/ULSD (ultralow sulphur diesel) and gasoline/biodiesel showed that

gasoline/biodiesel has comparatively lower NOx and HC emission in comparison to

gasoline/ULSD at the selected operating conditions [196]. Another study showed

that the more stability to the cycle-to-cycle transitions could be achieved in the

tested NG/biodiesel fuelled RCCI engine due to higher cetane and oxygen

containing biodiesel fuel [197].

Similarly, several studies investigated the effect of cetane improvers in single

fuel strategy of RCCI combustion. The effect of CN improvers in RCCI engine is
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investigated by port fuel injection (PFI) of gasoline and direct injection (DI) of

gasoline mixed with small amounts of DTBP [198]. Study showed that the RCCI

combustion could be realized by adding as little as 2% by volume DTBP into the

direct injected gasoline. Another study showed similar trend with EHN

[199]. Although there is availability of DTBP, 2-EHN is a more common additive,

and it is used in refineries to increase CN of commercial ULSD blends

[187]. Although EHN is a more effective CN improver than DTBP, the fuel-

bound nitrogen in EHN can increase engine-out NOx emissions [200]. Detailed

discussion on fuel management strategies (dual and single fuel) can be found in

review studies [180, 181, 187].

2.6.3 RCCI Engine Management

Fuel injection strategy plays an important role in combustion and performance

characteristics of RCCI combustion engine. The main controllable parameter is the

injection parameters of high reactivity fuel such as number of injection (single,

double and triple injection events), injection timings, injection pressure and quan-

tity of injection in each event. The effect of SOI timing of high reactivity fuel on

combustion characteristics and charge quality before ignition is discussed in Sect.

2.6.1. The number of injection events affects the reactivity gradient distribution in

the combustion chamber (Fig. 2.43). The number of pulses in the fuel injection

strategy can also affect the engine load. A study investigated three different

injection strategies, early single injection, early double injection and late double

injection, in RCCI engine at constant combustion phasing (CA50 ¼ 6� ATDC)

[201]. This study found that late double injection could be used to extend operating

load range while maintaining acceptable emission levels and peak pressure rise rate

(PPRR) values. A numerical study showed that the split injection fraction of high

reactivity fuel could affect the originating region (bowl or squish) of combustion

and consequently the PPRR and ringing intensity [190]. However, study found

there is less effect of split fuel fraction on engine performance and emissions.

A study used three different fuel injection strategies to achieve the dual fuel

operation in the entire engine operating map with constraint on maximum PRR and

peak cylinder pressure below 15 bar/CAD and 190 bar, respectively [202]. Fig-

ure 2.45 demonstrates the proposed fuel injection strategies and typical HRR from

each strategy at 1500 rpm. Based on the level of charge stratification, three regimes

are characterized as fully premixed RCCI, highly premixed RCCI and dual fuel

diffusion combustion. At higher engine load, diffusion-controlled HRR can be

noticed (Fig. 2.45). In fully premixed RCCI (around 8 bar IMEP), a double diesel

injection pulse with highly advanced injection timings is used. Ultralow NOx and

soot emissions obtained in fully premixed RCCI regime due to the high mixing time

available before start of combustion (SOC). In highly premixed strategy (40% up to

75% load), a double diesel injection pulse is used with the second injection event

occur close to TDC. The first injection is used to improve the reactivity in the
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crevice zone. The second diesel injection acts as an ignition source as injection

occurs at the higher pressure and temperature in the cylinder [202]. Diffusive fuel

strategy (from 75% up to full load) used a single diesel injection with a retarded fuel

injection timing that permits injecting higher amount of diesel to achieve the

required load.

Most of the RCCI studies used higher fuel injection pressure (greater than

500 bar) using common rail injection (CRI) hardware for injection of high reactivity

fuels [180]. The feasibility of using low-pressure fuelling strategy by commercial

gasoline direct injector (GDI) hardware is investigated [203]. Low-pressure fuel-

ling strategy has capability to provide cost savings. Study showed that with

conventional diesel combustion (CDC) piston, low-pressure direct injection of

high reactivity fuels lowers the combustion efficiency by 1% while maintaining

benefits of NOx and soot emission at 6 bar IMEP in RCCI engine. Study indicated

that low-pressure direct injection of high reactivity fuel is not able to provide

sufficient mixing to offer equivalent engine performance as with the use of high-

pressure direct injection with CDC piston [203]. Same study optimized the RCCI

piston geometry and found comparable engine performance for both low-pressure

direct injection and high-pressure direct injection RCCI engine operations. Thermal

efficiencies are increased 5% absolute in comparison to CDC piston with 500 bar

CRI operation by using optimized piston with 150 bar GDI operation. This gain in

thermal efficiency is attributed to significant reductions in heat transfer via lower

piston surface area coupled with reduced and elongated heat release rates for the

peak efficiency cases [203].

Appropriate combustion chamber design can be effective in reduction of emis-

sion formation, without affecting the RCCI engine performance. The piston bowl

geometry affects the charge mixing process, which can influence the reactivity, and

φ-stratification in RCCI engine that results into different combustion

Fig. 2.45 Fuel injection strategies on the engine map (left) and typical HRR curves (right) from
each injection strategy at 1500 rpm [202]
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characteristics. Piston surface area also affects the heat transfer process, which has

an impact on combustion temperature and engine efficiency. A study optimized the

piston shape for premixed fuel by reducing surface to volume ratio for lower heat

transfer [204]. Decreased surface to volume ratio of RCCI piston bowl can increase

the throat diameter of the piston bowl which is subsequently beneficial to the early

SOI timing of RCCI injection strategy [205]. A study investigated RCCI combus-

tion in a light duty multi-cylinder engine at three operating points according to the

US-FTP cycle by comparing OEM (original equipment manufacturer) piston and

custom-machined pistons designed for RCCI operation [206]. The piston bowl

profile was optimized to reduce unburned fuel emissions and piston bowl surface

area using genetic algorithm optimization. The custom RCCI piston was designed

for lower HC emissions by reducing the squish area and crevice volume. Heat

transfer losses are reduced by reducing the surface area and by increasing the piston

bowl radius and decreasing the bowl depth (for constant compression ratio (CR)).

Reduction in heat transfer loss leads to higher thermal efficiency. Additionally, the

high levels of piston-induced mixing produced by narrow or deep piston bowl

increases the heat transfer coefficient and further add the heat transfer losses.

Therefore, the more quiescent combustion chamber created by the wide or shallow

bowl is beneficial for premixed charge compression ignition (PCI) strategies [187].

The RCCI mode was proposed to reduce the requirement of EGR level in

premixed compression ignition engines [177]. However, the assistance of EGR is

required mainly at higher engine load operation, to mitigate the high PRR in RCCI

engines [181]. Studies demonstrated that PPRR, NOx and soot emissions are

reduced by increasing EGR rate [207, 208]. The unburned hydrocarbons (UHC)

and CO emissions are increased with the use of EGR in most of the studies due to

the formation of local fuel-rich region resulted from the reduced the oxygen

concentration in the cylinder by increasing EGR rate [181]. A study numerically

evaluated the necessity of EGR utilization in RCCI engine fuelled with methanol

and diesel at medium loads [209]. Study suggested that the EGR requirement

depends on the initial cylinder temperature and initial temperature below a critical

value (380 K in this case); EGR can be unemployed and the methanol fraction can

be varied to maintain the optimal performance.

Another important issue in RCCI engine management is cylinder balancing. In a

multi-cylinder engine, there exist significant cylinder-to-cylinder variations in the

initial conditions such as EGR, cylinder temperature, fuel rail pressure, trapped

mass, etc. [180]. These imbalances between cylinders lead to comparatively poor

performance due to excessively delayed or advanced combustion timings in every

cylinder because RCCI combustion is a kinetically controlled process. The varia-

tions in the combustion phasing results in significant variation of exhaust emissions

in each cylinder. To regulate these variations in RCCI engine, the total amount of

fuel and ratio of low to high reactivity fuel for each cylinder can be varied to match

the combustion phasing and IMEP over all the cylinders [180]. A study used an

“adjustment factor” multiplier to the PFI and DI duration commands for each

cylinder to achieve the cylinder balancing in RCCI engine [206].
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2.6.4 Direct Injection Dual Fuel Stratification

A variety of PPCI strategies are developed to increase the level of control on

ignition timing and HRR while maintaining the benefits of HCCI combustion.

Typically, PPCI strategies produce fuel stratification in cylinder by direct injection

of either a portion or all of the fuels, in order to increase the operating range

and combustion stability. Fuel stratification leads to φ- and temperature stratifica-

tion in the cylinder resulting into variation in local ignition delay in entire cylinder.

The variation in local ignition delay increases the combustion duration and retard

the combustion phasing, which leads to the reduction in HRR and combustion

noise. There exists a continuum of stratification levels between PFS (mostly

premixed) and PPC (partially premixed), and each strategy has their relative merits

(Sects. 2.2.4.6 and 2.5.2). Dual fuel RCCI combustion has shown high thermal

efficiency and superior controllability with low NOx and soot emissions. The RCCI

strategy addresses the combustion control by extending the concept of control by

additional fuel reactivity stratification. The RCCI combustion has demonstrated

gross indicated thermal efficiencies over 56% and levels of soot and NOx below the

EPA 2010 heavy-duty emission regulation limits [204]. The RCCI combustion

emits relatively high levels of HC and CO, due to low wall temperatures and the

inability for complete oxidation of fuel in crevice regions. In RCCI strategy, shape

and phasing of heat release can be adjusted with much greater fidelity (than is

possible in single fuel strategies), by adjusting the ratio of high and low reactivity

fuel. At particular engine operating condition, the combustion phasing can be

controlled by the fuel ratio, and to a lesser degree, by the timing of the high

reactivity fuel injections [210]. However, the reactivity range of the fuels being

used limits the operating range of RCCI combustion. The amount of high reactivity

fuel required tends to decrease towards zero as engine load increases (well before

full load), and there is no longer any direct control over the combustion process

[211]. To extend the high load operation of RCCI combustion, high octane fuels

such as E85 (an 85% ethanol and 15% gasoline mixture) [212] and methane [190]

are used as low reactivity fuels to have longer ignition delay in comparison to

gasoline. Engine operation at lower compression ratio is another strategy to

increase the load of RCCI engine at the expense of fuel conversion efficiency

[204, 213]. However, stratification of both (high and low reactivity) fuels is one

possible path to achieve additional control on RCCI combustion for engine oper-

ation with conventional fuels and compression ratios of typical diesel engines. This

strategy is known as direct injection dual fuel stratification (DDFS) in published

literature [210, 211].

The DDFS strategy combines the benefits of RCCI and PPC by injecting both

gasoline and diesel directly, enabling control over the in-cylinder distribution of

both fuels [211]. In this strategy, gasoline is injected during the intake stroke and it

is effectively premixed. Similar to RCCI, diesel is injected 40–60� before TDC to

create a reactivity gradient that allows for precise control over the LTHR. After

LTHR is complete, and just as the main heat release begins (0–10� BTDC), gasoline
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is injected a second time and burns in a diffusion-controlled manner, allowing for

considerable increase in load without increasing peak HRR and combustion noise

[211]. Figure 2.46 illustrates the injector locations and orientations along with fuel

injection strategy for implementation of DDFS strategy.

In DDFS strategy, the timing and quantity of the diesel injection afford a large

degree of control over the early heat release. The reactivity and equivalence ratio

stratification created by direct diesel injection extends the heat release and gives

control over when combustion begins. The relative impact of reactivity and equiv-

alence ratio on second injection is evaluated by injecting gasoline and diesel as both

have direct injection arrangement [210]. Figure 2.47a shows the effect of injecting

gasoline instead of diesel on cylinder pressure and HRR. Retarded combustion

phasing and high instability of the gasoline operation are observed when second

Fig. 2.46 (a) Drawing of

cylinder showing the

injector locations and

orientations in typical

DDFS [214]. (b)

Conceptual illustration of

injection strategies in DDFS

(Adapted from [210])
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injection fuel was switched from diesel to gasoline. Higher HRR and shorter

combustion duration is also observed for gasoline injection case. Since fuel injec-

tion pressure and injection duration are the same for both the fuels, therefore

this difference in combustion characteristics is purely a fuel effect. The main fuel

differences are volatility and reactivity, which influence mixing and ignition delay,

respectively. The figure also illustrates the limited control availability with equiv-

alence ratio stratification alone and the flexibility gained by direct injection of

highly reactivity fuel [210]. Figure 2.47a also depicts that diesel injection pressure

had little effect on HRR. Relatively lower thermal efficiency and higher unburned

HC and CO emissions are also observed for the case of gasoline injection.

This observation suggests that φ-stratification alone is insufficient for full potential

of this strategy.

The same study also conducted the effect of diesel fuel ratio and start of injection

(SOI) sweep on combustion characteristics of DDFS. Figure 2.47b shows the effect

of diesel SOI timings on cylinder pressure and HRR in DDFS strategy. Few points

are omitted for clarity and all data points can be seen in original study

[210]. Figure depicts that before �40�ATDC SOI timings, combustion phasing

Fig. 2.47 (a) Cylinder

pressure and HRR for

DDFS with either diesel or

gasoline as the second

injection fuel. (b) Cylinder

pressure and HRR for

DDFS with a sweep of

SOI-2 from �200 to

�30�ATDC (Adapted from

[210])
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advances with increase in diesel stratification. At SOI of �30�ATDC, the large

bump at the beginning of the heat release suggests that the diesel may be

transitioning to a diffusion-limited combustion. After this SOI timing, combustion

phasing retards with increase in diesel stratification in the cylinder. Detailed

analysis of heat release curve shows that LTHR is advanced and increased slightly

in magnitude for SOI up to �50�ATDC, and a slight shift is observed in the

beginning of the LTHR at �40�ATDC. Major change in LTHR occurs at

�30�ATDC, and LTHR was significantly diminished after this SOI, which is

interpreted by authors as the onset of diffusion-limited combustion of the diesel

injection [210].

This study identified three possible combustion regimes for the second injection

of high reactivity fuel: premixed, RCCI and diffusion-limited. Study found the

RCCI regime is superior in several ways, including improved control over CA50

and noise; substantial reduction of HC, CO and soot emissions; improved indicated

efficiency; and NOx emission comparable to the premixed regime. DDFS has a

unique ability of independent control on the combustion duration (with a near TDC

gasoline injection) and the combustion phasing (with high reactivity diesel injec-

tion). Advantage of this ability can be availed by operating engine at optimum

combustion phasing across the engine map, and combustion duration can be

controlled without retarding the combustion phasing. Engine can be operated at

higher compression ratios, and higher thermal efficiency can be achieved using this

strategy. The combination of the diesel and late gasoline direct injections offers

robust fast-response control mechanisms with a wide range of authority [210].

2.6.5 RCCI vis-�a-vis Other LTC Strategies

Several studies have demonstrated the superior performance of RCCI strategy over

conventional diesel combustion (CDC) strategy. A study comprehensively investi-

gated the RCCI combustion on a HD engine over a wide range of engine operating

loads by varying the gasoline-to-diesel ratio at fixed diesel injection strategy

[215]. The study found that RCCI operation achieved NOx reduction of nearly

three orders of magnitude, six times lower soot and 16.4% higher gross indicated

efficiency in comparison to CDC without EGR. A detailed comparison between

CDC and RCCI combustion at matched conditions of load, speed, boost pressure

and combustion phasing is conducted [216]. The study found 24% lower integrated

piston heat transfer and 25 �C lower mean surface temperature for RCCI engine in

comparison to CDC. The SOI timing strongly influences CDC heat flux but has a

negligible effect on RCCI heat flux, even in the limit of near TDC high reactivity

fuel injection timings. These observations indicate that the high reactivity fuel

injection does not have significant effect on the thermal environment.

Figure 2.48 depicts the distributions of the in-cylinder temperature for the CDC,

HCCI and RCCI regimes for constant combustion phasing at 3�CA ATDC. In CDC

engine, the fuel vapour is mainly concentrated around the piston lip and bowl
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during the combustion process due to close to TDC direct injection of fuel. This

results into the high temperature region in the cylinder (Fig. 2.48a), which leads to

higher NOx emissions. Sufficiently premixed fuel–air mixture and the avoidance of

local high temperature regions in HCCI and RCCI strategy lead to substantially

lower combustion temperature (Fig. 2.48b, c) and lower NOx emissions. Some

premixed and low temperature fuel vapour that exists near the cylinder liner and in

the crevice region cannot be fully oxidized, resulting in high HC and CO

emissions [217].

A comprehensive comparative investigation of RCCI, PPC and HCCI mode is

conducted using single-cylinder engine for comparison of performance and emis-

sions, combustion sensitivity to intake conditions and the control ability using fuel

injection strategy [218]. This study used PFI for low reactivity fuel and direct

injection of high reactivity fuel in RCCI and only PFI for HCCI combustion. In PPC

strategy, single fuel is used in both PFI and DI systems. All the three strategies have

shown higher indicated thermal efficiency and acceptable coefficient of variation

(COV) of IMEP. The RCCI combustion has longer combustion duration and

subsequently lower peak pressure rise rate compared to HCCI and PPC. The

RCCI operation has highest indicated thermal efficiency but it has lower combus-

tion efficiency. It is suggested that higher efficiency is due to the lower heat transfer

losses stemming from the lower maximum PRR [218]. This study also perturbed the

intake conditions (intake temperature and pressure) from the baseline to analyse the

sensitivity of combustion phasing and its control. It was noted that baseline

combustion phasing can be easily recovered through small changes in the global

fuel reactivity in RCCI strategy. However, in PCC strategy, the baseline combus-

tion phasing was unrecoverable when combustion becomes advanced due to

Fig. 2.48 Distributions of the in-cylinder temperature for the CDC, HCCI and RCCI regimes for

constant combustion phasing at 3�CA ATDC [217]
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variations in intake conditions. On the contrary, retarded combustion phasing (due

to variation in intake condition) is recoverable by appropriately increasing the level

of fuel stratification.

Another study compared the RCCI and GCI strategy at high load conditions at

1300 rpm for optimized engine operating conditions [214]. In this study, RCCI

strategy uses dual direct injection of high and low reactivity fuels (Fig. 2.46a). A

non-parametric regression analysis tool, known as component selection and

smoothing operator (COSSO) for multivariate smoothing splines, is used to choose

a single optimum operating point for comparison of RCCI and GCI strategies

[219]. The COSSO fits a response surface model to the genetic algorithm data

from all the runs combined. The combustion and emission characteristics are

compared to optimal engine operating condition. The overall combustion charac-

teristics are very similar with the close to TDC injection initiating combustion for

both strategies. The main differences observed in these two (RCCI and GCI)

strategies are soot emissions. The difference in soot formation in RCCI and GCI

is due to the state of local equivalence ratio and temperature in the cylinder during

combustion. Figure 2.49 depicts the variation of local φ and temperature at various

crank angle positions after start of combustion (ASOC) on φ-T map. The NOx and

soot formation regions in φ-T map are identified from HCCI simulations of

mixtures of gasoline and air from the study [220].

The combustion is delayed in GCI mode due to longer ignition delay as gasoline

has lower cetane index (high octane fuel). In RCCI strategy, combustion occurs

during injection event due to shorter ignition delay of diesel fuel, which results in

higher local φ and more soot formation. In RCCI case, at 10� ASOC (close to

CA50), the final diesel fuel injection is �60% complete and local φ reached above

3 (Fig. 2.49). In GCI case, the final gasoline injection is finished at 7�CA, and post

combustion mixing has reduced the peak local φ to�1.2. The higher local φ during

combustion leads to comparatively higher soot formation in RCCI strategy. How-

ever, at this expense, RCCI strategy has comparatively better control on combus-

tion phasing due to shorter ignition delay. The peak local temperatures achieved in

the RCCI and GCI cases are 2242 K and 2056 K, respectively, due to utilization of

high EGR levels. Thus, lower NOx emissions are obtained in both cases due to low

peak temperatures.

Sensitivity to operating conditions in RCCI and GCI strategy is also evaluated in

the same study [214]. Figure 2.50 depicts the sensitivity of outputs (IMEP, gross

indicated efficiency (GIE), CA50 and peak pressure rise rate (PPRR)) to changes in

inputs (EGR, intake pressure and temperature, direct injection (DI) mass) for RCCI

and GCI strategies.

Figure 2.50 shows that both RCCI and GCI strategies are very sensitive to EGR

fluctuations at this high load condition. In contrast to this observation, a sensitivity

study at a medium load condition found the RCCI strategy to be insensitive to EGR

[221]. Figure 2.50 shows that the GCI strategy is more sensitive to EGR than the

RCCI strategy (Fig. 2.50). The global φ of the GCI strategy is close to stoichio-

metric (0.98), which makes it to be very sensitive to oxygen concentration. Intake

valve closing temperature and pressure also affect the combustion phasing
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Fig. 2.49 Ф-T map of the charge at various crank angle positions for the optimum RCCI and

gasoline compression ignition (GCI) combustion strategies [214]

120 2 Low Temperature Combustion Engines



considerably for the GCI strategy, whereas the RCCI strategy is relatively insensi-

tive to these fluctuations.

The characteristics of dual fuel RCCI and single fuel PPCI show their potential

for higher thermal efficiency along with reduction of NOx and soot emission to an

ultralow level. Detailed combustion, performance and emission characteristics of

HCCI, RCCI and PPC strategies are discussed in Chaps. 6, 7 and 8, respectively.
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Chapter 3

LTC Fuel Quality Requirements

Abstract In low temperature combustion (LTC) engines, premixed fuel-air mix-

ture is created in the cylinder, and combustion starts by auto-ignition due to

compression of the fuel–air mixture during compression stroke. The LTC process

involves various physical processes (atomization, evaporation and mixing) and

complex chemical reactions occurring in the cylinder. Fuel properties and fuel

composition play an important role in all the physical and chemical processes

involved in LTC process. Autoignition depends on the evolution of cylinder pres-

sure and temperature with time and autoignition chemistry of the fuel–air mixture.

Autoignition chemistry depends on the fuel composition and fuel-air mixture

quality (equivalence ratio). This chapter discusses the autoignition characteristics

(autoignition chemistry, impact of fuel molecular structure on autoignition, fuel

autoignition quality), fuel effects on autoignition and several fuel indices developed

for LTC engines. Fuel design and fuel properties/quality required for LTC engines

are also discussed in the present chapter.

Keywords Fuel quality • Octane number • Octane index • HCCI number • Fuel

design • LTC • RON • Autoignition

3.1 Autoignition Characteristics

In the LTC engine, the fuel and air are premixed (either fully or partially) before the

start of combustion. Combustion starts by autoignition at several locations in

the combustion chamber due to pressure and temperature rise during compression

stroke of engine. The fuel autoignition quality plays an important role in combus-

tion process as the charge is auto-ignited in the cylinder. Different theoretical,

empirical and experimental methods exist for describing the autoignition quality of

fuels. In theoretical approach autoignition quality is described using chemical

kinetics of autoignition process by different types of reaction mechanisms (detailed

or reduced mechanism). Empirical models use basic equations derived from exper-

imental data to describe the autoignition quality of fuels in combustion process. In

the experimental approach, a test engine or a constant volume chamber is used for

comparison of autoignition quality of various fuels. The standard methods for
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quantifying autoignition properties of fuels are RON (research octane number) and

MON (motor octane number) for gasoline-like fuels and cetane number (CN) for

diesel-like fuels. The autoignition quality of diesel fuel is estimated by CN, which is

measured for a given fuel by comparing ignition characteristics with reference fuel

in a CFR (corporate fuel research) cetane engine using ASTM D613 test method

[1]. The reference fuel is prepared by blending of n-cetane, n-hexadecane

(CN ¼ 100) and heptamethyl nonane (CN ¼ 15). The CN of reference fuel having

x% volume n-cetane is given by CN ¼ x þ 0.15(100 � x). The test fuel is assigned

the CN of reference fuel which has the same ignition quality [1]. ASTM methods

D2699 and D2700 are typically used to measure RON and MON, respectively, in

gasoline-like fuels. RON and MON are estimated on a standardized CFR (corporate

fuel research) engine using two sets of operating conditions. During the estimation

of RON, CFR engine is operated at 600 rpm speed, inlet temperature of 49 �C and

fixed spark timing, while in MON estimation, engine speed is 900 rpm, the inlet

temperature is 149 �C and spark timing is adjusted for maximum knock [2]. The

mixture of n-heptane and iso-octane is used as reference fuel for octane number

measurement. The RON is often higher than MON around 5–10 units for practical

hydrocarbons. The difference in RON and MON has led to different definitions of

octane number worldwide. For example, only RON is used in the European Union,

and in the United States, the average of RON and MON is typically used [2]. The

fuel sensitivity (S) is defined as the difference between the RON and MON value

(S ¼ RON�MON), which is a measure of the difference in knock tendency for a

fuel at different operating conditions [1]. In modern engines, charge condition in the

cylinder after compression is different from the RON and especially MON cases.

Therefore, suitability of RON and MON needs to be reconsidered. Modern SI

engines are “beyond RON” because at a given pressure, the temperature of the

unburned mixture is lower than the RON test. Alternatively, the pressure at a given

temperature is higher in modern engines than RON test. All the approaches used to

improve the SI engine efficiency such as direct fuel injection, higher compression

ratio and turbocharging are pushing modern engines further beyond RON

[1, 2]. The HCCI engine can be operated well beyond RON and MON. The

HCCI engine experiments helped to understand the fuel effects on autoignition

with change in operating conditions. The autoignition characteristics of different

fuels in LTC engines are discussed in the next subsections.

3.1.1 Autoignition Chemistry

The autoignition process is investigated at a fundamental level by modelling the

kinetics of the chemical reactions involved. The ignition process of a commercial

transportation hydrocarbon fuel involves hundreds of chemical species participat-

ing in thousands of reactions, which makes the whole process very complex.

Autoignition occurs when energy released by chain reactions produces exponential

increase in temperature of charge in the cylinder. Autoignition starts with initiation
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reactions which generates the radicals from stable species. Chain-branching reac-

tions multiply the number of radicals, which leads to further reaction progress.

Chemical reactions involved in the autoignition process can be categorized into ten

main types of reactions. Figure 3.1 depicts the summary of simplified reaction

scheme of hydrocarbon oxidation by presenting important reactions.

Boot et al. [3] presented the summary of ten main categories of reactions

involved in the auto-ignition process as (i) unimolecular decomposition;

(ii) hydrogen (H) atom abstraction; (iii) O2 addition reactions; (iv) other addition

reactions of radicals such as H, OH or HO2, where radicals attach themselves to

unsaturated bond sites; (v) recombination reactions; (vi) β-scission; (vii) isomeri-

zation; (viii) concerted elimination, two substituents are removed from a molecule

in one-step mechanism, forming an unsaturated bond; (ix) radical cyclization; and

(x) disproportionation, where two radicals react to produce two different nonradical

products. Kinetics of elementary reactions involved in low temperature autoignition

process is discussed in detail in the review study [4]. In HCCI combustion engine,

the hydrocarbon oxidation process can be divided into low temperature heat release

(LTHR), intermediate temperature heat release (ITHR) and high temperature heat

release (HTHR) reactions. In Sect. 2.2.2 of Chap. 2, the autoignition reactions

involved in HCCI combustion are discussed in detail. Figure 2.4 (Chap. 2) depicts

the LTHR, ITHR and HTHR zones as well as single- and two-stage ignition fuels in

HCCI engines. Typically fuels containing significant amount of n-paraffins show

LTHR characteristics during premixed compression igntion combustion.

Ideally comprehensive chemical models of autoignition process must use all the

relevant chemical reactions. However, “comprehensive” schemes cannot be

Fig. 3.1 Simplified reaction scheme for hydrocarbon auto-ignition [3]
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perfectly accurate in the prediction of autoignition process due to uncertainties in the

reaction rate constants and their temperature and pressure dependency [1, 5]. Typi-

cally detailed reactions mechanisms consist of thousands of reactions. Many prac-

tical applications used reduced reaction mechanisms to describe the combustion

process [6–8]. Reduced reactionmechanisms are developed by selecting reactions of

critical importance for the particular application. Autoignition reaction mechanisms

applicable to internal combustion engines are developed for a very few pure com-

pounds. Detailed chemical kinetic models for the oxidation of hydrocarbon fuels are

provided in the study [5]. The chemical kinetic schemes are developed for PRFs

(primary reference fuels), which contain n-heptane and iso-octane. Conventional

gasoline and diesel contain hundreds of species, which have different combustion

chemistry than PRFs. Therefore, simplified surrogate fuels are required for

representing practical fuels [9]. A surrogate fuel is defined as a fuel composed of a

smaller number of pure species, which has the same combustion and emission

characteristics as that of targeted practical fuel [1]. The chemical kinetic model of

such surrogate fuels is being developed [10–13]. The full chemical kinetic model for

surrogate fuels is very large to be used in engine computational models (five-

component surrogate has 1328 species and 5825 reactions) [10]. Thus, reduced

reaction mechanism is required for autoignition analysis. Empirical autoignition

model and experiments can help to understand the autoignition process. Empirical

models are discussed in Sect. 3.1.3. Fuel molecular structure also plays an important

role in autoignition process, which is discussed in Sect. 3.1.2.

3.1.2 Impact of Fuel Molecular Structure

The chemical composition of commercially available fuel is dependent on the crude

oil, refinery processes of oil refineries and season. The HCCI combustion charac-

teristics are very sensitive to the fuel composition, and a fuel standard for advanced

combustion is required [14]. Fuel molecular structure affects the auto-ignition

characteristics in LTC engines especially in LTHR and ITHR. A typical commer-

cially available gasoline consists of 54.2% total paraffins (10.8% normal paraffins

and 43.4% iso-paraffins), 33.6% aromatics, 8.6% olefins, 2.9% naphthenes and

0.88% benzene [1]. A typical diesel contains 44% total paraffins, 29% naphthenes

and 25.6% aromatics. Different category of fuel component has different

autoignition characteristics. Fuel molecular structure of fuel plays an important

role in autoignition characteristics of fuel-air mixture.

The overall autoignition reaction rate is mainly governed by chain-branching

reactions (Sect. 2.2.2 of Chap. 2). The chain-branching reaction rate is a function of

molecular structure of fuel, pressure and temperature of reactor, equivalence ratio

(φ) of mixture and initial concentration of fuel and air [3]. A sufficiently large

radical pool is required to autoignite the fuel. At specific initial conditions in the

cylinder, the overall autoignition reaction rate is governed by fuel molecular

structure. Initial reactions are governed by the type of C-H bond (primary,
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secondary and tertiary), location of C-H bond in the fuel carbon chain and number

of C–H bonds in the fuel molecular structure. Intermediate reactions are governed

by hydroperoxyl radical (RO2) chemistry (propagation and branching reactions).

Fuel molecular structure plays an important role in hydroperoxyl radical chemistry

in LTHR regime. Terminal reactions are governed by the number and reactivity of

intermediate species (termination), which are dependent on fuel structure [3]. The

decomposition reactions start with weakest bonds (lowest bond dissociation

energy) on the molecular structure of the fuel. Figure 3.2 depicts the C–H bond

dissociation energy for different hydrocarbons for different types of C–H bonds

(primary, secondary and tertiary bonds). Initiation reactions are followed by H atom

abstraction reaction. The bond dissociation energy of C–H bond decreases in the

order of primary > secondary > tertiary C–H bond (Fig. 3.2). The molecules

having a higher number of primary C–H bonds are more resistant to autoignition

reactions. The primary reference fuel n-heptane contains 10 secondary and 6 pri-

mary C–H bonds, and iso-octane contains 15 primary, 2 secondary and 1 tertiary C–

H bonds. Thus, iso-octane has higher octane number (RON ¼ 100), and it is

difficult to autoignite [3].

A study developed an equation to calculate the RON, based on the number of

carbon atoms in particular molecular structure by multiple linear regression using

data of 58 hydrocarbons [14]. Developed equation for RON calculation is presented

in Eq. (3.1):

RONcalc ¼ �9:13C2 � 46:0Cdð Þ þ �4:63Cn � 28:0C2nð Þ þ 2:30Cb þ 107 ð3:1Þ

where C2 is the carbon number of secondary carbon atoms in straight chain, Cd is

the dummy variable (if the number of straight chain carbon atoms is higher than

6, Cd ¼ 1.0, and if it is less than or equal to 6, Cd ¼ 0), Cn is the number of carbon

atoms in the naphthene ring, C2n is the number of secondary carbon atoms in the

side chains of the naphthene ring and Cb is the number of carbon atoms in the

aromatic ring. The calculated RON value correlates well (R2 ¼ 0.90) with exper-

imental data for paraffins, olefins, naphthenes and aromatics. This equation clearly

illustrates the importance of molecular structure on the autoignition characteristics.

The ignitability of the paraffins increases (RON decreases) with increase in the

length of straight chain in the chemical structure (increases rapidly with carbon

chain length higher than 6) (see Fig. 3.3 and Eq. 3.1). The ignitability of the

hydrocarbon increases with increase in the naphthene ring size and increase in

carbon atom number in the side chains of naphthenes, which leads to rapid increase

Fig. 3.2 The C–H bond dissociation energy (kcal/mol) for different hydrocarbon fuel component

[3, 15]
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in ignitability or decrease in RON (Eq. 3.1). The ignitability of the hydrocarbon

decreases with the addition of aromatics [14].

Figure 3.3 shows that the octane number of fuel decreases with increasing

number of carbon atoms in straight chain. This is explained by alkyl radical

isomerization reactions at low to intermediate temperatures. The RO2 radicals

(reaction R3, Chap. 2) are very important intermediates in autoignition process.

Both alkyl and peroxyl radicals undergo intra-H atom transfer via a transition state

ring to produce QOOH, which dominates low temperature chain branching. The

isomerization ring strain energy is highly dependent on its size, and larger rings

have lower strain energies [3]. The longer average chain length hydrocarbons have

more options (more possible site for isomerization reactions) for low energy barrier

isomerization reactions and thus higher overall reaction rates in autoignition pro-

cess leading to higher ignitability or lower octane number (Fig. 3.3). The highly

branched paraffins have comparatively lower overall autoignition reaction rates due

to drop in average chain length of every branch and higher primary C–H bond

(comparatively stronger bond) located at the extremities of molecular structure.

This results in lower ignitability and higher RON (Fig. 3.3).

The presence of double bonds and oxygen groups in the fuel affects the possible

reaction pathways due to the differences in bond dissociation energies. Addition-

ally, these groups can affect the radical isomerization reactions also. Significant

quantity of olefins are present in marketed gasoline. Olefins have a higher RON

than paraffins with the same carbon (C) number (Fig. 3.4). The olefinic C bond

provides site for addition reactions involving O, H, OH or HO2 radicals, which

initiates the divergence from the paraffinic reaction pathways [3]. The position of

Fig. 3.3 Impact of paraffin chain length and branching on RON and MON [3, 16]
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the double bond in the molecular structure has a significant effect on olefinic

autoignition process in the low to intermediate temperature regime [17]. Long-

chained olefins having double bond on the extremity tend to show paraffinic-like

NTC characteristics [3, 17]. Figure 3.4 also depicts that 3-olefin has higher octane

number than 1-olefin.

Almost one-third of gasoline contains aromatics consisting 11.7% toluene,

6.93% m-xylene, 4.04% o-xylene, 3.04% ethyl benzene, 2.58% p-xylene, 1.65%

methyl toluene and 1% benzene [1]. Thus, autoignition chemistry of benzene and

toluene is important and studied by various researchers [18–22]. Figure 3.5 shows

the RON of different aromatic compounds with different number of methyl chains

and number of methyl branches. The figure shows that longer side chain aromatics

(n-butylbenzene) have lower RON values [14]. The highly stable π-bond in the

benzene ring makes H atom abstraction from aromatics difficult. Thus, most

aromatics are highly resistant to auto-ignition reactions at low to intermediate

temperatures [18]. Benzyl radicals are also resonance stable, and lead to radical–

radical reactions in an oxidative environment, which produce even more stable

bi-benzyl species. This tendency leads aromatics to both lower propensity for

further decomposition and formation of soot during combustion [23]. A more

complete discussion on the impact of molecular structure on autoignition charac-

teristics of hydrocarbons can be found in the recent study [3].

Effect of engine operating conditions such as intake air temperature, intake

oxygen content and engine speed on ignitability of different hydrocarbon is inves-

tigated in HCCI engine [14]. Figure 3.6 shows the effect of intake temperature and

engine speed on hydrocarbon ignitability (HI) index of paraffins (n-pentane and

Fig. 3.4 Impact of carbon number and double bond site on olefin reactivity [3, 16]
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iso-octane), naphthenes (cyclohexane and ethyl cyclohexane) and aromatics (tolu-

ene, m-xylene and o-xylene) in HCCI engine. The hydrocarbon ignitability index

(HI index) is defined as the autoignition characteristic relative to the n-heptane and

isooctane scale, based on by octane number measured by the CFR engine [14].

Figure 3.6 shows that the HI indices of the naphthenes increased, and those of the

aromatics decreased with the increase in intake air temperature. This observation

suggests that the ignitability of the naphthenes decreases and the ignitability of

aromatics increases with the increase in intake air temperature. A study suggested

that the side chain of naphthenes is responsible for the ignitability improvement,

and its effect is stronger at higher intake air temperatures [14]. Oxidation of

cyclohexane occurs via two reaction processes (cyclohexane radical reaction and

an open-ring reaction process), which are dependent on the charge temperature. The

reaction proceeds by cyclohexane radical process at lower low intake air temper-

ature condition, and the LTHR occurs. The naphthene ring opens at the high intake

air temperature condition and reactions proceed via open-ring reaction pathway.

This reaction pathway does not show LTHR reactions. The two reaction pathways

at different temperature lead to different ignitability at higher intake temperature in

HCCI engine [14].

In aromatics the chemical ignitability depends on the position of the methyl

branch and the side chain length (Fig. 3.5). Ignitability of o-xylene is found higher

everywhere in comparison to m-xylene (Fig. 3.6). Differences in the reaction

process of o-xylene, m-xylene and p-xylene have been reported in the study

[24]. The dehydration reaction in the o-xylene molecule occurs more easily than

with m-xylene and p-xylene. This is due to the two methyl groups on fuel molecule

Fig. 3.5 RON versus carbon number of the side chain in aromatics and number of methyl

branches in aromatics (Adapted from [14])
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structure (two methyl groups at the consecutive carbon of the benzene ring) that

helps in transition state ring formation during isomerization reaction of o-xylene.

This might be a reason of higher ignitability of o-xylene than m-xylene [14].

Figure 3.6b also depicts that the relative ignitability (the HI index) of the

naphthenes and aromatics decreases with the increase in engine speed in HCCI

engine. With the increase in engine speed, the value of LTHR decreases, and HTHR

occurs in the expansion stroke (delayed combustion phasing) particularly for

cyclohexane and aromatics with short side chains (toluene, m-xylene, and ethyl-

benzene) [14]. At higher engine speed, lower time available for LTHR reactions that

decreases the amount of LTHR and affects the autoignition characteristics of fuel

showing LTHR.

Fig. 3.6 Effect of intake air

temperature and engine

speed on hydrocarbon

ignitability (HI) index in

HCCI engine (Adapted

from [14])
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3.1.3 Empirical Auto-ignition Modelling

Empirical approach to describe autoignition is considered as in-between method of

theoretical chemical kinetic-based modelling approach and the experimental auto-

ignition test methods [25]. The chemical kinetics of HCCI combustion is very

similar to the kinetics of knock (end-gas autoignition) in spark ignition engines.

Livengood and Wu introduced a method (empirical correlation) to predict the

knock conditions for various fuels [26]. This method is also known as knock

integral method (KIM) [27]. A study reviewed the five different types of models

(based on different complexity and required input data) used to predict the

autoignition timings in HCCI engines [28]. Auto-ignition models range from

multidimensional CFD models and multizone models to simple control-oriented

models. The simplest model uses a threshold temperature to estimate the start of

ignition, but it fails to predict combustion phasing at different operating conditions

due to dependency of oxidation reaction reactions on species concentration along

with charge temperature in the cylinder [29]. The Shell model is also used to predict

HCCI ignition timing [30]. Shell model is a lumped chemical kinetic model using

only five representative species in the eight generic reactions and only applicable

for single-component fuels. Shell model accurately estimates ignition timing over

temperature and engine speed sweep, but is less accurate with load variation [28]. A

two-step Arrhenius-type reaction rate-based model [31] is used in various studies

[32, 33]. In this model the integration of the Arrhenius global reaction rate for the

fuel is tracked until it reaches a threshold value defined from experimental data.

This model requires instantaneous fuel and oxygen concentrations as well as

in-cylinder gas temperature for predicting autoignition, which is impractical for

on-board ignition timing control [28]. The KIM is another category of model used

for estimating HCCI ignition timing in control-oriented modelling [26]. The KIM is

based on an exponential correlation (function of in-cylinder gas pressure and

temperature) to predict the auto-ignition characteristics of a homogeneous fuel–

air mixture [34].

The KIM is a common empirical method used in the estimation of HCCI ignition

timings. The basis of the correlation stems from the ignition delay of various fuels

using a rapid compression testing machine [26]. The resulting empirical relation-

ship in the general form is provided in Eq. (3.2):

τ ¼ Ae
b T= Þpn
�

ð3:2Þ

where τ is the ignition delay (or induction time), p is the charge pressure as a

function of time, T is the charge temperature as a function of time and A, b and n are
empirical constants. Ignition delay or induction time is defined as the time between

the end of compression and autoignition (marked by heat release) in rapid

compression machine [1]. The relatively more reactive mixture has lower ignition

delay (τ).
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Livengood and Wu proposed the functional relation between the concentration

ratio, (x)/(x)c, of the significant species in the autoignition reaction and the relative

time, t/τ. The (x)c is the critical concentration ratio, which is the concentration of

the species at the end of the reaction. The ignition correlation of Livengood and Wu

in terms of the crank angle instead of time (as typical engine combustion charac-

teristics measured on crank angle basis) is shown in Eq. (3.3) [28]:

x

xc
¼

Z θ¼θe

θ0¼0

1

ωτ
dθ ¼

Z θ¼θe

θ0¼0

1

Aωe
b T= Þpndθ¼1:0
� ð3:3Þ

where θe is the crank position at which autoignition or knock occurs and θ0 is the
initial crank position where integration starts. The engine speed (ω) is signified in

revolutions per minute (rpm), the pressure in kPa and the temperature in K.

In this model, instantaneous pressure and temperature of cylinder charge are

required to estimate the ignition timings. The measurement of in-cylinder pressure

on engine is difficult and expensive which limits the utilization of this model for

real-time control. A study [28, 35] presented modified knock integral model

(MKIM) for estimation of HCCI ignition timings using intake valve closing

(IVC) pressure and temperature, equivalence ratio and instantaneous volume. The

MKIM is presented by Eq. (3.4):

Z θsoc

θivc

ϕB

Aωexp C Pivcv
kc
cð ÞD

Tivcv
kc�1
c

� � dθ ¼ 1:0 ð3:4Þ

where θ is the engine crank angle and B, C and D are constant parameters. kc
represents the average polytropic coefficient. The value of the expression being

integrated increases as the point of SOC is approached. A and vc are determined by

vc θð Þ ¼ Vivc

V θð Þ ,A ¼ E1EGRþ E2 ð3:5Þ

where E1 and E2 are constant parameters and the cylinder volume, V (θ), is
calculated at any crank angle using slider crank mechanism.

A study investigated the validity of correlation proposed by Livengood andWu in

HCCI engines for various fuels with practical interest (hydrogen, methane, ethanol

and n-heptane) [36]. The study concluded that the method predicts ignition timings

quite accurately for the fuels (hydrogen, methane and ethanol) with single-stage heat

release (no LTHR). However, KIM underpredicts the ignition time when ignition

takes place after the TDC for all three cases because KIM cannot account for slowing

down the oxidation chemistry due to cooling effect of the expansion. The study also

showed that the KIM method fails to accurately predict the ignition timing for

two-stage heat release (LTHR and HTHR) fuel (n-heptane), and it overpredicts the

ignition timing. Another study describes the ignition delay as a combination of a low
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temperature regime and high temperature regime induction time, and each stage is

described by an Arrhenius equation [37]. The study showed that this is a convenient

and flexible method for describing the ignition delay of a wide range of fuels

including linear paraffins, iso-paraffins, olefins, aromatics and alcohols.

3.1.4 Fuel Effects on Autoignition in LTC Engines

Gasoline and diesel fuel contain hundreds of components and each component has

its specific autoignition temperature. The variations in the temperature and fuel

composition make autoignition control very difficult in HCCI combustion. Under-

standing of fuel effects on autoignition process is required to describe and predict

the autoignition process in HCCI combustion. Autoignition temperature and LTHR

are closely coupled with fuel autoignition qualities in HCCI engines. Gasoline-like

fuels with an octane number lower than 83 show LTHR in HCCI combustion

[38]. Diesel-like fuels or high cetane number fuels typically exhibit LTHR in

HCCI combustion, and LTHR disappears for fuels having cetane number less

than 34 (CN < 34) [39]. Fuel structure is strongly related to LTHR (Sect. 3.1.2),

and small variation in chemical composition can change the HCCI combustion

characteristics [40].

Figure 3.7 illustrates the effect of PRF fuel composition on LTHR rate in HCCI

combustion. The LTHR decreases with increase in PRF octane number (increase in

Fig. 3.7 Effect of PRF fuel composition (different n-heptane concentration) on LTHR in HCCI

combustion (Adapted from [41])
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iso-octane content). The LTHR depends on concentration of straight chain paraffins

(Sect. 3.1.2), and therefore as n-heptane concentration in fuel decreases (increase in

PRF octane number), the amount of LTHR decreases.

Figure 3.8 shows the effect of intake temperature on LTHR and autoignition

temperature in HCCI engine using PRF0 (pure n-heptane). The LTHR is higher at

lower intake air temperature and decreases with increase in inlet temperature. The

main reaction containing alkyl–peroxyl radical formation (reaction R3; Chap. 2) is

a reversible reaction and responsible for LTHR. This reaction is highly dependent

on temperature and an increase in temperature shifts the reaction towards the

reactant side. Therefore, increasing inlet temperature leads to lower amount of

LTHR (Fig. 3.8). At lower inlet temperatures, higher compression ratio is used to

achieve a constant combustion phasing, and higher pressure is known to increase

the LTHR [41]. For higher octane PRF, LTHR diminishes at higher intake temper-

atures, which leads to delayed start of combustion. Figure 3.8b also depicts that the

maximum value of low temperature heat release rate (LTHRRmax) occurs at almost

Fig. 3.8 Effect of intake

temperature on (a) LTHR

and (b) autoignition

temperature for PRF0

(n-heptane) in HCCI

combustion (Adapted from

[41])
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same temperature for each test condition. In this figure, autoignition (start of

LTHR) is defined as the point where heat release rate of 0.2 J/CAD has reached.

The LTHR starts decreasing after reaching LTHRRmax in each operating condi-

tions. At lower intake temperature, autoignition temperature is also lower

(Fig. 3.8b).

Figure 3.9 shows the effect of PRF composition on autoignition temperature and

LTHR fraction. The LTHR fraction is shown in the figure as percentage of total heat

release in the cylinder. Different points for each test fuel in Fig. 3.9 correspond to

the different inlet air temperatures. Autoignition temperature increases with

increase in octane number of the fuel. Fuels having extensive LTHR show similar

autoignition characteristics, and autoignition starts at almost the same temperature

regardless of the cylinder pressure. The n-heptane (PRF0) auto ignites around

Fig. 3.9 Effect of PRF fuel

composition on (a)

autoignition temperature,

and (b) LTHR in HCCI

engine (Adapted from [41])
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570 K, with a weak trend that comparatively higher autoignition temperature is

required for lower cylinder pressure. With decrease in LTHR, autoignition temper-

ature rises quickly [41]. Figure 3.9b depicts almost linear correlation between the

amount of LTHR and autoignition temperature. All the test operating conditions

having detectable LTHR (>1% and with a LTHRmax) ignited at temperatures below

650 K (Fig. 3.9b).

Figure 3.10 illustrates the effect of toluene and ethanol content on autoignition

temperature and LTHR in HCCI combustion. Five data points on the curve

(Fig. 3.10a) represent the five intake temperature for a particular fuel. Fuels

designated as HxTyEz contains x% of n-heptane, y% of toluene, z% of ethanol

and (100-x-y-z) % of iso-octane. Ethanol and toluene are known to reduce LTHR

Fig. 3.10 Effect of TERF

fuel composition on (a)

autoignition

temperature, and (b) LTHR

in HCCI combustion

(Adapted from [42, 43])
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reactions by consuming radicals during LTHR regime [44, 45]. Generally, auto-

ignition temperature increases with increase in intake temperature for all the test

fuels, but the level of change in autoignition temperature is different for different

fuels (Fig. 3.10a). The curve for toluene ethanol reference fuels (TERF) is similar to

PRFs (Fig. 3.9a). Toluene addition in the fuel increases the auto-ignition temper-

ature (see case H20T10 and H20T40), which can be seen as upward shift in the

graphs as toluene content increases. An increase in autoignition temperature is

observed mainly at higher intake temperatures due to the lower LTHR.

Autoignition temperature differs slightly at lowest intake temperatures. Fuels

depicting LTHR at all five intake temperatures, autoignition occurs at similar

charge temperatures. Fuels with little or no LTHR have comparatively larger

difference in autoignition temperatures. Radical quenching effect of ethanol can

be seen by comparing the amount of LTHR for three fuels with a constant amount

of n-heptane (30 vol.%) and toluene (20 vol.%) but varying amounts of ethanol

(5, 12.5, 20 vol.%) (Fig. 3.10b). Toluene quenching effect is also depicted in

Fig. 3.10b by comparing two fuels having constant amount of n-heptane (40 vol.

%) and ethanol (5 vol.%) but varying amounts of toluene (10, 30 vol.%). The lower

LTHR for the particular fuel with a higher concentration of ethanol or toluene

shows the quenching effect. The figure shows that toluene has the weaker LTHR

quenching effect than ethanol, despite the higher RON of toluene than ethanol

(120 compared to 109) [43].

Gasoline partially premixed combustion (PPC) is another LTC strategy that

demonstrated higher operating range and better combustion control, while keeping

the benefits of HCCI combustion (Sect. 2.5.2 of Chap. 2). In PPC mode, ignition

delay and LTHR have an important role in ignition characteristics. Premixed

combustion phase in PPC needs mixing of fuel and air before ignition starts. The

desired premixing is achieved by longer ignition delay. During ignition delay

period, physical processes (droplet evaporation, mixing of fuel with air and heating

due to compression) and chemical process (formation of radicals and intermediates)

occur in the engine cylinder [27]. Effect of fuel properties on PPC relates through

charge cooling effect during evaporation, mixing process and fuel ignitability

(reactivity) [46]. At constant combustion phasing, ignition delay is correlated

with fuel RON (Fig. 3.11). Figure 3.11 shows that the ignition delay increases

with an increase in RON value for different start of combustion (SOC) operation in

PPC mode because fuel reactivity decreases with increase in RON. The ignition

delay is found to decrease with retarding SOC, and minimum around SOC at TDC

position (0 CAD). Until SOC reaches TDC position, ignition delay decreases due to

higher pressure and temperature of air during compression. Air pressure and

temperature decrease for SOC after TDC, which also leads to higher ignition delay.

Duration of LTHR reaction depends on the ignition delay. Prolonged ignition

delay gave an increased duration of LTHR in PPC engine. Figure 3.12 shows the

variations of ignition delay, LTHR duration and LTHR fraction with engine load at

constant combustion phasing of 6 CAD after TDC and 1500 rpm. Low load limit

achieved with stable combustion for low and high octane fuels is also indicated in

Fig. 3.12. The low load limit is defined as the point where ambient intake
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temperature is not enough for stable combustion. The lowest stable load achieved

with higher octane number fuel is higher in comparison to lower octane number in

PPC. Justification of trend can be found in Sect. 2.5 of Chap. 2. Ignition delay

period decreases with increase in engine load for all fuels above the low load limits

due to the low temperature at start of injection (SOI). The SOI timings are adjusted

to achieve the constant combustion phasing for all the test conditions. Fuel is

injected at lower cylinder pressure-temperature at early (advanced) SOI timings.

Ignition delay decreased again when λ increases (lower IMEP), in case of below the

low load limit conditions. Apparently, the higher oxygen fraction has a stronger

impact on the ignition delay than the decrease in charge temperature [48]. LTHR

reaction rate depends on both fuel composition and gas temperature in the com-

bustion chamber. Above the low load limit, duration of LTHR decreases with an

increase in engine load. Fraction of LTHR is a function of engine load (Fig. 3.12b),

and LTR fraction increased with decrease in engine load because of reduction in

cylinder temperature. The fraction of the LTHR decreased with increased load from

about 5% at 2 bar IMEP to about 3% at 8 bar IMEP [48].

Figure 3.13 shows the effect of inlet oxygen content and fuel composition on

ignition delay and LTHR fraction (also referred as low temperature reaction (LTR)

fraction in few studies) in PPC combustion. Ignition delay depends on the injection

parameters (injection quantity, injection timing and injection pressure) and engine

operating parameters (air charge conditions, load, engine speed, combustion cham-

ber geometry and swirl rate) for a particular fuel. Figure 3.13a shows the variations

of ignition delay at constant engine speed and load conditions for constant com-

bustion phasing, where fuel injection timing and duration are adjusted to achieve

the load (IMEP 8 bar) and combustion phasing (3 CAD aTDC). Experiment is

conducted at absolute inlet pressure of 2.8 bar. Ignition delay is longer for higher

RON fuel due to high resistance to autoignition, and distinct difference in

ignition delay is observed proportional to difference in RON for each fuel. At

Fig. 3.11 Predicted

ignition delay as a function

of RON in PPC engine at

8 bar IMEP and 1500 rpm

(Adapted from [47])
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lower oxygen concentration, more ambient gas needs to mix with fuel for release of

same energy. Therefore, additional time is required for the mixing and hence

ignition delay is higher.

In HCCI combustion, LTHR increases with increase in n-heptane content and

decreases with increase in iso-octane content [49, 50]. In PPC combustion, LTHR

increases with decrease in n-heptane content and increase in EGR rate. This trend is

opposite to the trend observed in HCCI combustion. The SOI is advanced to

achieve constant combustion phasing for high RON fuels, and advancing SOI

increases LTHR phase due to lower cylinder temperature and pressure. The inlet

oxygen concentration has stronger impact on LTHR than fuel composition for PRF

fuel (Fig. 3.13a) [47].

Fig. 3.12 Variation of ignition delay, LTHR duration and LTHR fraction with engine load in PPC

at constant combustion phasing of 6 CAD after TDC (Adapted from [48])
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Figure 3.13b depicts the effect of fuel composition (especially fuel containing

aromatic and alcohol) on ignition delays and LTHR phase in PPC. A base fuel

PRF70 is compared to TRF (toluene reference fuel) and ERF (ethanol reference

fuel). The n-heptane concentration is the same for all the fuel (30% by volume)

fractions, and iso-octane in PRF70 is replaced by 15% toluene for TRF fuel and by

10% for ERF fuel. To maintain the same combustion phasing, SOI is advanced for

TRF by one degree. Ignition delay is higher for TRF and ERF fuel in comparison to

PRF70 as octane number is higher for these fuels. Ignition delay is more influenced

by ethanol than toluene. Ethanol and toluene have amplified the LTHR regime in

PPC mode which is the opposite of HCCI mode trend (Fig. 3.13b) [47]. However,

ethanol has higher impact on LTHR than toluene in PPC combustion.

Fig. 3.13 Ignition delay and LTHR as a function of SOI for different (a) PRFs and oxygen

content, (b) ERF and TRF (Adapted from [47])
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Figure 3.14 compared the LTHR (or LTR) fraction in HCCI and PPC combus-

tion at various fuel compositions (different ethanol, toluene and iso-octane concen-

trations in fuel) at constant engine load. The figure shows that LTHR fraction

increases with increase in ethanol concentration with a slope of 0.08 in PPC

combustion. However, LTHR fraction decreases with a slope of �0.1 with increase

in ethanol content in HCCI combustion mode. Similarly, LTHR fraction increases

with increase in toluene in PPC and decreases in HCCI combustion mode. For both

PPC and HCCI combustion, the steepness of the slopes is similar but in reverse

direction. Figure 3.14 also depicts that ethanol has a higher effect on LTHR fraction

than toluene. Similar trend is also observed for iso-octane fraction.

In summary, fuel effect onLTHR in PPC is reversed as compared toHCCImode. It

is suggested that chemical fuel effects dominate over physical effects for port-injected

HCCI. However, the processes involved in LTHR regime are more complex in PPC

mode than in HCCI mode. The strong relation between LTHR and ignition delay in

PPC mode shows that the ignition quality plays a key role in LTHR regime [51].

3.1.5 Autoignition Quality Test Limitations

The cetane number (CN) and octane number (ON) are the main parameters used to

characterize chemical properties of fuel in conventional CI and SI engines, respec-

tively. The HCCI operating conditions cover both the ignition quality (CN) and

Fig. 3.14 LTHR fraction as a function of ethanol, toluene and iso-octane concentration in HCCI

and PPC combustion (Adapted from [51])
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anti-knock quality (ON) at both lean (low load) and rich (high load) limit condi-

tions. Thus, conventional CN or ON may not be optimal parameter for fuel

characterization in HCCI engines. Studies suggested that HCCI ignition character-

istics cannot be estimated by conventional measurement of autoignition quality of

fuels (RON, MON or CN) [52].

The compression ratio required for auto-ignition of different kinds of paraffin

does not rank with ON [53]. Issues related to RON and MON for characterizing the

auto-ignition behaviour in HCCI engine are further investigated [43, 54–56]. These

studies concluded that RON and MON methods do not describe pressure fluctua-

tions from auto-ignition in the end gas, but it rather describes the rate of change of

pressure prior to knocking. Additionally, the pressure at a given temperature is

higher in modern engines than RON test.

No correlation is found between combustion phasing (CA50) and RON or MON in

HCCI combustion with negative valve overlap by testing 15 different fuels with high

octane numbers [57]. Another study showed that fuel composition affects the ignition

delay for fuels with same RON or MON, and thus neither RON nor MON is a

complete predicator of autoignition quality in HCCI engines [58]. Therefore a new

index is required for estimating fuel performance in HCCI combustion engines.

3.2 LTC Fuel Index

In HCCI engine, fuel composition strongly affects the combustion phasing and

magnitude of heat release rate (HRR). Fuel with high olefin/aromatic content can

reduce the maximum HRR and cylinder pressure as much as 20% and shift the

maximum HRR position up to 10 CAD in HCCI engine operated at similar RON

and MON fuels with different composition [58]. A study showed that the marketed

gasoline has variations in aromatic content ranges from 4% to 54% and olefinic

fraction ranges from 0% to 30% [59]. Fuel composition variability makes HCCI

engine control more challenging. Fuel composition effect on combustion charac-

teristics and variations in fuel composition in pump fuels leads to the development

of newer methodology for prediction autoignition characteristics in LTC

engine. Next subsections present the several fuel index developed to describe the

autoignition characteristics of LTC engine fuel.

3.2.1 Octane Index

To describe the autoignition characteristics of HCCI combustion, Kalghatgi et al.

developed a parameter called octane index (OI), which better correlates the com-

bustion phasing [1, 60]. The octane index is defined by Eq. (3.6):
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OI ¼ 1� Kð Þ:RONþ K:MON ¼ RON � K:S ð3:6Þ

The value of parameter K depends on engine operating conditions (value can be

positive, zero or negative), and S is fuel sensitivity (S¼RON�MON). Fuel sensi-

tivity depicts the response of a particular fuel at higher intake temperatures for

knock tendency relative to iso-octane and n-heptane [61]. Fuel sensitivity is zero for

PRFs and, hence, OI for PRF is equal to RON. The value of K is 0 and 1 for RON

and MON test conditions, respectively. The higher OI of fuel means more resistant

to autoignition and leads to retarded combustion phasing in HCCI engine.

The OI represents the combustion characteristics of the fuel. Combustion phas-

ing (CA50) is proposed to be a linear function of RON and MON. The K value is

estimated by regression analysis [1]:

CA50 ¼ aRONþ bMONþ c ð3:7Þ
CA50 ¼ cþ aþ bð ÞOI ð3:8Þ

where OI¼ ((a/(a + b))/RONþ ((b/(a + b))/MON) and K is defined as b/(a + b).
The K value strongly depends on the temperature at 15 bar cylinder pressure

(Tcomp15) and increases with Tcomp15 [62]. Tcomp15 is a function of physical state in

the cylinder (based on engine speed, intake temperature, etc.), and K is dependent

on engine operating condition, but not on the fuel properties. A predictive equation

for K as a function of Tcomp15 and the relative air/fuel ratio (λ) is obtained and

presented in Eq. (3.9):

K ¼ 0:00497∗Tcomp15 � 0:15∗λ� 3:67 ð3:9Þ

At every engine operating condition, there exists an ideal fuel with OI ¼ OI0
where combustion phasing (CA50) is at TDC. OI0 increases with increase of

compression pressure and temperature at TDC position. OI0 value reduces with

increasing λ and engine speed. OI0 can be recognized as engine’s fuel requirement.

The OI is a good indicator of autoignition characteristics for most of the PRF

blends and surrogates composed of a few pure chemical components. However, OI

does not correlate well for gasoline fuels containing ethanol, naphthenes and

aromatics [61, 63, 64]. These species are typically found in commercial gasoline

worldwide.

A recent study improved the OI and proposed a new OI model (JKZ model)

[61]. The modified OI is shown in Eq. (3.10):

OImodified ¼ RON � K0:Sþ κ Aromaticsð Þ2 Olefinesþ Saturatesð Þ
þ ε Aromatics:Ethanolð Þ ð3:10Þ

The two new parameters (κ and ε) are used in conjunction with K0 defined
previously in order to keep the same convention as Kalghatgi’s OI. In this model,

combustion phasing (CA50) is related to RON and MON value of fuel by Eq. (3.11):
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CA50 ¼ c0 þ a0RON þ b0MONþ d ðAromaticsÞ2 ðOlefinsþ SaturatesÞ
þ eðAromatics:EthanolÞ ð3:11Þ

In Eq. (3.11), aromatics, olefins, saturates and ethanol represent the volume

fraction of each respective component in the fuel. The parameters K0, κ and ε are
calculated as

k ¼ b0= a0 þ b0ð Þ; κ ¼ d= a0 þ b0ð Þ; ε ¼ e= a0 þ b0ð Þ;

Modified OI is more capable of capturing the auto-ignition characteristics of the

refinery stream fuels for all the intake temperature conditions, especially low intake

temperatures.

3.2.2 CAI/HCCI Index

Shibata and Urushihara [65] developed a HCCI index based on MON and amounts

of five components (n-paraffin (nP), iso-paraffin (iP), olefin (O), aromatics (A) and

oxygenates (OX)). The Shibata–Urushihara HCCI index is given in Eq. (3.12):

S-UHCCI Index absð Þ ¼ m:MONþ a: nPð Þ þ b: iPð Þ þ c: Oð Þ þ d: Að Þ
þ e: OXð Þ þ Y ð3:12Þ

All fuel component concentration in Eq. (3.12) is the percent by volume, and m,
a, b, c, d, e and Y are temperature-dependent constants. The value of coefficient “e”
depends upon the specific oxygenate in the fuel formulation (ethanol, MTBE or

ETBE). The SU–HCCI index corresponds to the crank angle timing for 20%

completion of the HTHR.

The same study also developed HCCI index in terms of RON, which is more

widely used index, and HCCI index expression is presented in Eq. (3.13) with a

separate set of coefficients [65]:

S-UHCCI Index absð Þ ¼ r:RON þ a0: n-pð Þ þ b0: i-pð Þ þ c0: Oð Þ þ d0: Að Þ
þ e0: OXð Þ þ Y 0 ð3:13Þ

Studies with different gasoline composition suggest that SU–HCCI index poorly

predicts the autoignition characteristics of HCCI combustion [64, 66].

Another group proposed a HCCI index based on the fuel’s tendency to decrease

or increase the HCCI operating region [67]. This index compares the operating area

(in HCCI mode) achieved with the given fuel to the HCCI operating area achieved

with the reference fuel. Figure 3.15 illustrates the definition of HCCI index.

Moreover, a good HCCI fuel must not deteriorate the full load performance. A

modified HCCI index is proposed and presented by Eqs. (3.15) and (3.16) to have
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higher importance to full load operation in conventional mode, which eliminates

the improvement allowed in HCCI mode:

HCCI index ¼ Tested Fuel HCCI Surface

Ref:Fuel HCCI Surface
ð3:14Þ

Mod:HCCI index 1ð Þ ¼ 0:8� Tested Fuel HCCI Surface

Ref:Fuel HCCI Surface
� 100þ 0:2

�Max Power Tested Fuel

Max Power Ref:Fuel
� 100 ð3:15Þ

Mod:HCCI index 2ð Þ ¼ Tested Fuel HCCI Surface

Ref:Fuel HCCI Surface

�Max Power Tested Fuel

Max Power Ref:Fuel
� 100 ð3:16Þ

A similar procedure is also used to evaluate the fuel effect on the controlled

autoignition (CAI) combustion [68, 69]. The CAI index is used to precisely

quantify the effect of fuel on four CAI zones defined as low-speed/low load,

low-speed/high load, high-speed/high load, and high-speed/low load zones. The

HCCI index is used to compare HCCI operating region achieved from the tested

fuel with that achieved from the reference fuel.

3.2.3 Lund–Chevron HCCI Number

Lund–Chevron HCCI number is developed to fulfill the need of a HCCI number

analogous to that of RON and MON for SI engines. To estimate HCCI number, first

a set of reference curves of the compression ratio (CR) is generated for combustion

phasing (CA50) at 3� aTDC using PRFs at five different intake temperatures

(50–150 �C) [66]. A quadratic function of CR with octane number is obtained by

fitting quadratic relation in PRF data (PRF60–100) as shown in Eq. (3.17):

Fig. 3.15 HCCI index definition [67]
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CR ¼ a:x2 þ b:xþ c ð3:17Þ

where “x” is the volume % of iso-octane in the primary reference fuels used to

develop the correlation. The constants a, b and c obtained by curve fitting and their

values are different for different intake temperatures. For particular fuel and engine

operating conditions of interest, the autoignition CR is plotted vs. RON, along with

the reference quadratic curve for the PRFs at the same conditions. The HCCI

number of fuel is assigned equal to the RON of the PRF that had the same

CR. The quadratic equation can be rewritten for calculating HCCI number from

CR by Eq. (3.18) [43]:

HCCI number ¼ � b

2:a
þ

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
b

2:a

� �2

� c� CR

a

� �s
ð3:18Þ

In this manner, HCCI numbers can be determined for each test fuel at engine

operating condition of interest. The Lund–Chevron HCCI number is found to be

closely coupled with the amount of low temperature reactions [66].

3.2.4 LTC Fuel Performance Index

The LTC index is a new metric developed for ranking the appropriateness of fuels

in LTC engines based on the fraction of potential fuel savings obtained in the

vehicle driving cycle [70]. The LTC index can be utilized to rank LTC fuels and

predict their future performance. This index can also be used to recognize attractive

fuels for LTC engines or assist in the development of new fuels for LTC engines.

The LTC fuel index is defined as the percentage of fuel savings obtained by

HCCI operation and depicted by Eq. (3.19):

ILTC ¼ mfs, SIþHCCI

mfs,HCCI
� 100%

¼ mf ,SI2HCCI
mf , SI

� 100%
ð3:19Þ

where mfs,SIþHCCI is the fuel consumed over the hybrid SI/HCCI operation, mfs,

HCCI is the fuel savings for full HCCI operation, mf,SIEHCCI is the fuel consumed

during the baseline SI operation over the possible HCCI operating range and mf,SI is

the baseline SI fuel consumption over the entire driving cycle. The LTC index

(ILTC) can also be understood as the mass-weighted percentage of discrete viable

HCCI operating points [70]. The LTC fuel index combines information about the

fuel operating region (the viable HCCI combustion engine loads and speeds) with

the operating conditions required during engine operation at a particular real

driving cycle.
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3.3 LTC Fuel Design

The HCCI engine combustion is typically controlled by the reaction kinetics of

different species present in fuel (Sect. 2.2.2 of Chap. 2). The chemical kinetics is

governed by physical and chemical properties of fuel along with their spatial and

time histories in the cylinder, which are dependent on engine design and operating

parameters.

Generally, high cetane number fuels tend to extend lean-burn region in LTC

engine due to higher fuel reactivity. Higher reactivity of high cetane fuels limits the

high load operation at richer mixture due to advanced combustion phasing and

excessive HRR. To overcome the problem of higher reactivity at higher engine

loads, higher octane number (lower reactivity) fuels are used in LTC engines.

Autoignition-resistant quality of high octane fuels prevents advanced combustion

phasing at higher engine loads. The higher octane fuels face the challenge at lower

load conditions as engine is operated on leaner fuel–air mixtures. The lean engine

operation encounters misfire or partial burn cycles at lower intake temperature and

load operations. Hence, cold start and lean-burn challenges are present in HCCI

combustion using high octane number fuels. Additionally, various studies depicted

that conventional fuels (diesel/gasoline) or pure single-component fuels are not able

to fulfil the HCCI combustion requirements over a wide range of engine operating

conditions [52]. Therefore, it is required to make fuels more suitable for HCCI

combustion by reforming or designing the fuel’s physical–chemical properties, fuel

components and composition along with fuel molecular structure. Figure 3.16

illustrates a proposed HCCI fuel design concept.

The main challenge in HCCI engine is the control the ignition timings and HRR,

to avoid the excessive noise and exhaust emissions. To achieve HCCI combustion

over a wide range of engine operating conditions, reconfiguration of fuel properties

and compositions is required for improving the adaptability and compatibility of

various fuels [52]. All the approaches such as fuel additives, dual fuel engine

operation, fuel blending and optimized fuel composition in real time can be utilized

to redesign chemical properties of the charge based on HCCI engine load

(Fig. 3.16).

Stratified charge compression ignition (SCCI) is proposed to enlarge the oper-

ating region of HCCI combustion engine (Sects. 2.4, 2.5 and 2.6 of Chap. 2).

Typically, moderate inhomogeneities (temperature, air–fuel ratio and fuel compo-

sition) are required to obtain wider engine operating range, a smooth heat release,

ignition timing controllability and lower emissions in LTC engines. Flexible con-

trol of combustion phasing using temperature stratification, fuel concentration

stratification and fuel composition stratification can be utilized to achieve higher

operating range, while maintaining higher maximum thermal efficiency and

lower exhaust emissions. This target can be achieved by a combination of fuel

design and fuel injection strategies. Figure 3.17 demonstrates the basic principle of

fuel design and management in SCCI combustion engines.
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Figure 3.17 presents that in LTC engines, physical and chemical properties of

fuels as well as fuel composition need to be managed actively on real-time basis

depending on engine operating ranges. In advanced compression ignition engines,

fuel concentration and composition stratification can be created using fuel injection

strategies (PFI and DI) like in reactivity-controlled compression ignition (RCCI)

and PPC engines. Test fuels can be selected with opposing chemical properties for

port and direct injection, which can moderate the spatial local fuel–air composition

distribution. Utilization of well-regulated controlled EGR is an effective method to

control the HRR by reduction in combustion temperature [52].

3.4 Fuel Requirement in LTC Mode

Ideally any fuel can be used in HCCI engine by choosing the right design and

operating conditions for autoignition of fuel–air mixture. In premixed charge

compression ignition such as HCCI combustion, fully premixed fuel–air mixture

is required before the start of combustion. The fuel must be volatile enough to allow

sufficient mixing of fuel with air such that fuel-rich regions in the charge can be

avoided to accomplish lower soot and NOx emissions. The simple method for

homogeneous/premixed charge preparation is to inject the fuel in intake manifold

Fig. 3.16 Fuel design principles for HCCI combustion [52]
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by port fuel injection (PFI) system. Fuel boiling point range plays an important role

for using PFI system. The PFI works sufficiently well with gasoline-like fuels with

boiling point up to 180 �C [2]. Gaseous fuels do not have issues related to mixing

with port injection. Thus, most of the available high octane fuels can be used by PFI

in LTC engines.

Fuels with lower volatility can use direct injection (DI) mixture preparation

strategies by using high-pressure injection, multiple injection and improved injector

design. Diesel has a high initial boiling point, and thus it will not evaporate and

mix with air without intake preheating during PFI in the manifold. Diesel fuel is

very difficult to use in HCCI engines using PFI system. A combination of low

compression ratio and high intake temperature is required to use diesel in HCCI

engine [38]. Minimum 100 � C intake temperature is required to use high-boiling-

point fuel (diesel). Thus, it is concluded that the high-boiling-point diesel-like fuels

should not use PFI, and use direct injection system to obtain proper atomization and

mixing. To prepare sufficiently premixed charge, early direct injection at compar-

atively lower injection pressure is used to obtain premixed charge in LTC engines.

Fig. 3.17 SCCI combustion fuel design and management concept [52]
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Fuel autoignition quality is of critical importance in LTC engine due to the

nature of ignition. The autoignition characteristics of fuels must satisfy the varying

requirement of the engines over a wide range of operating conditions. On investi-

gating wide ignition quality fuels in HCCI engines, it is summarized that ideal

HCCI ignition quality for dedicated HCCI engines is in the range of CN 35–45

(approximately 70–50 RON, respectively) [25, 62, 71, 72]. Other LTC strategies,

such as RCCI combustion, uses both high and low reactivity fuels.

The PPC combustion mode can be achieved with diesel fuel as well as high

octane gasoline-like fuels [73]. At lower engine loads, diesel is a well-suited fuel,

and at higher engine load, gasoline-like fuels are more suitable fuel for PPC mode

operation. Ideally ON of PPC fuel should be a function of engine load. A study

suggested a simple thumb rule for optimum fuel ON as a function of engine load.

The optimum ON is five times the load in indicated mean effective pressure

(IMEP). This indicates that the fuel can be very similar to diesel at idle engine

operating conditions, and at full engine load conditions, an ON of 100 or higher is

required for the desired performance of the engine.

The charge preparation and autoignition control strategies in LTC engine for

different automotive fuels are discussed in Chaps. 4 and 5, respectively.
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Chapter 4

Premixed Charge Preparation Strategies

Abstract Mixing of fuel and oxidiser (air) for combustion is termed as charge

preparation. Creation of premixed charge is the key feature of low temperature

combustion (LTC) engines. Quality of fuel–air mixture governs the combustion

process and its rate. Premixed charge is required prior to the start of combustion in

LTC engines. Depending on LTC strategy, different quality of premixed charge

(degree of homogeneity) is required for higher thermal efficiency and control of the

combustion rate. The premixed charge can be created by injecting fuel outside the

engine cylinder (external charge preparation) or inside the engine cylinder (internal

charge preparation), depending on fuel properties and combustion strategy. This

chapter presents the summary of premixing techniques used for charge preparation

in LTC engines. Charge preparation strategies for well-mixed charge (more often

external charge preparation) and partially stratified charge (internal charge prepa-

ration using direct injection) are discussed in detailed for gasoline-like fuels as well

as diesel-like fuels. Dual fuel charge preparation (using high and low reactivity

fuels) is typically used in RCCI combustion is also discussed in the present chapter.

Keywords PFI • Direct injection • Dual fuel • Spray • Air–fuel mixture • Fuel

stratification • PFS • Equivalence ratio • DI • Dual injection • HCCI • LTC • RCCI

4.1 External Charge Preparation

Quality of charge governs the combustion and emissions characteristics of the

engine. In HCCI combustion engine, as the name suggests, well-mixed homoge-

neous fuel–air mixture is required. Creating purely homogeneous mixture of fuel

and air without any fuel concentration or thermal inhomogeneity is not possible in

real engines. In real engines, some degree of inhomogeneity is always present in the

fuel–air mixture. However, fairly well-mixed charge is essential in HCCI combus-

tion to produce lower particulate emissions. Recent studies have shown that inho-

mogeneities can be used to increase the engine operating loads of HCCI combustion

(see Chap. 7). In HCCI combustion engine, a well-mixed charge of highly diluted

fuel–air mixture is required to achieve reasonable combustion rate and lower engine

emissions. Several strategies of charge preparation are used for premixed charge
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preparation based on fuel properties and combustion control strategies. Charge

preparation strategies in all LTC modes can be categorized into three main types:

(i) external charge preparation (fuel and air are mixed before entering in the engine

cylinder), (ii) internal charge preparation (fuel is mixed with air inside the engine

cylinder) and (iii) dual fuel charge preparation (low reactivity and high reactivity

fuels use both external and internal charge preparation). All of these charge

preparation strategies have different degree of mixture homogeneity due to the

different amount of time available for mixing fuel with air.

External charge preparation is typically used for producing well-mixed fuel–air

mixture (close to homogeneous mixture) before the start of combustion. Strategy

for creating premixed charge also depends on volatility of the fuel. Next sub-

sections present the discussion of external charge preparation for volatile

(gasoline-like fuels) and non-volatile fuels (diesel-like fuels).

4.1.1 Gasoline-Like Fuels

Volatile fuels evaporate easily to form fuel vapour at relatively lower temperatures

(sometimes near ambient temperature). Preparation of premixed charge outside the

cylinder is easier with easily evaporating fuels having low boiling temperatures.

Typically, port fuel injection (PFI) or external fuel vaporizers are used for premixed

charge preparation in HCCI engines. Figure 4.1 illustrates the external charge prep-

aration strategies used for creating well-mixed fuel–air mixture in HCCI engines.

External fuel vaporizer is typically used to create well-premixed charge, where fuel is

injected into a separate chamber and fuel vapour mixes with air in the chamber

[1, 2]. Fuel vaporizer is well ahead of intake valve such that fuel vapours have enough

time to mix with air prior to entering in the engine cylinder. A study used a premixed

fuelling system (as shown in Fig. 4.1a) consisting of a gasoline-type direct injector

(GDI) installed in an electrically heated fuel-vaporizing chamber. Appropriate plumb-

ing is done to ensure thorough premixing of fuel with the air upstream of the intake

plenum [2]. This type of strategy creates fairly well-mixed charge with relatively

lower inhomogeneity. To investigate the effect of mixing of fuel vapour on charge

homogeneity in HCCI combustion, another study delivered a pre-vaporized fuel in

upstream of the intake valve by a U-shaped capillary tube (2.3 mm inside diameter)

using a gaseous fuel injector (Fig. 4.1b) [1]. This type of arrangement for premixed

charge preparation does not have liquid film on port walls or intake valve, which

creates additional inhomogeneity in the charge. Depending on fuel injection timings

(with respect to intake valve timings), fuel unmixedness creates uneven distribution of

fuel in the cylinder in comparison to well-mixed charge created by fuel vaporizer

[1]. The PFI system (Fig. 4.1c) is themost commonly used external charge preparation

method in HCCI engines using different gasoline-like fuels [3–5].

In PFI engines, intake port of each cylinder has fuel injector installed in the

manifold. This type of fuel injection system is relatively inexpensive and performs

robustly, except at low engine operating temperatures where poor fuel vaporization
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is a concern. In PFI system, fuel is injected at constant pressure usually in the range

of 3–5 bar. Depending on injector characteristics (nozzle hole diameter, injection

pressure, etc.), fuel atomization takes place with a droplet sauter mean diameter

(SMD) in the range of 120–200 μm [6]. In PFI engine, fuel is injected into the intake

port in late exhaust or early intake stroke. Then some of the fuel droplets would hit

and adhere onto the intake port wall or intake valves, while some others would float

in the intake port, a part of which would evaporate before being taken into the

cylinder [7]. In the next cycle, adhered fuel would evaporate, and floating droplets

and vapour remnants in intake port would also flow into cylinder. Therefore,

in-cylinder mixture distribution can possibly be different in the next cycle.

Depending on the quantity of fuel injected per cycle, it is implausible that enough

time is available before inlet valve opening (IVO) for complete mixture preparation

in the port before entering in the cylinder even in fully warmed engine conditions.

In case of the lower temperature of intake port/ valve and inadequate time available

for complete evaporation, a fraction of fuel enters in the cylinder as liquid rivulet

and droplets, while some residual remains at the surface of intake port. This may

lead to various consequences such as imprecise fuel metering, incomplete combus-

tion and soot formation due to incomplete droplet evaporation and worse time

response during transients [6]. However, charge preparation in HCCI combustion

engine using PFI of gasoline-like fuels does not show visible smoke [3, 8] due to

enough premixing of fuel. The PFI injection is more suitable for premixed charge

Fig. 4.1 Schematic of different external charge preparation strategies in well-mixed HCCI

combustion engine
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preparation of highly volatile liquid fuels and gaseous fuels. In case of low volatility

diesel-like fuels, PFI results in inhomogeneous mixture formation due to poor

evaporation as well as increased wall impingement, which leads to higher HC

and CO emissions along with higher fuel consumption and oil dilution [9, 10].

The PFI system design generally consists of three features: injection drop size,

injection timing and spray targeting. These design parameters govern the level of

charge preparation quality achieved by the system. Less than the ideal charge

preparation results in liquid fuel presence and mixture inhomogeneity that affects

engine behaviours such as air–fuel control, emissions and stability [11]. In transient

engine operating conditions, air–fuel ratio control is complicated by the equilibra-

tion of fuel films within the engine port and cylinder. These films can be quite large,

particularly under cold engine conditions [12]. The existence of large fuel films in

the cylinder as well as mixture stratification has serious implications on emissions,

particularly hydrocarbons (HCs). The open valve injection (OVI) timing and valve

targeting minimized A/F excursions by reducing port surface wetting. The close

valve injection (CVI) timing is preferred over OVI timing for minimizing hydro-

carbons and mixture stratification. The minimization of surface wetting with OVI

timing resulted in poor charge preparation as the drop sizes are too large to vaporize

and mix effectively [11]. A study identified four transport mechanisms of liquid

fuel into the engine cylinder during the intake stroke: (i) first forward flow atom-

ization, (ii) spray contribution, (iii) high-speed intake flow transport and (iv) fuel

film squeezing [13]. First forward flow atomization is the atomization of liquid fuel

accumulated in the intake valve seat vicinity by the forward motion of the intake air

at the beginning of the intake process (after equalization of cylinder and intake

pressure) as the air strips liquid off the wall [14]. Injection spray contribution is the

fuel transport into the cylinder due to injection towards the open intake valve with

OVI. The fuel film squeezing is the squeezing of any fuel film accumulated on the

valve seat at the end of the intake process as the intake valve closes. Study [13]

concluded that increased film atomization occurs in areas which feature high

magnitudes of intake air flow velocity due to the shape of the intake port. In areas

where flow recirculation occurs, liquid fuel film flow is more prominent resulting in

liquid fuel droplet production due to fuel film squeezing. With CVI, these film-

driven transport mechanisms are observed longer during warm-up than with OVI

due to more significant wall film development. With OVI the dominant liquid fuel

transport mechanism is the direct transport of liquid fuel from the injector into the

cylinder due to injection contribution [13].

Two types of fuel adhesion occur during PFI injection: (i) fuel adhesion on port

wall and (ii) fuel adhesion on valves. Liquid film on port needs to be reduced as it

affects the particulate formation and emissions. Fuel adhesion on the port wall does

not generate particle number emission directly. However, it would affect the

estimation of in-cylinder air–fuel ratio in the following several cycles because

liquid film on intake port wall would evaporate and enter into the cylinder, whose

amount is not predictable [7]. Measurement of particle number in homogeneous

charge spark ignition engine showed that particle number concentration is approx-

imately constant for equivalence ratio below 1.4, and particle number emission
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steeply increased at equivalence ratios more than 1.45 [15]. Therefore, it is believed

that 1.4–1.5 is the critical equivalence ratio for PM generation in premixed gasoline

combustion. Thus, liquid fuel adhesion needs to be controlled in the engine.

Figure 4.2 shows the maximum fuel adhesion quantity on intake port and valves

for the different end of injection (EOI) timings in PFI system using OVI. The figure

depicts that advance injection timing is helpful to reduce fuel adhesion on intake

port wall because the injection timing is more harmonized with valve opening time

and fuel adhesion could be avoided [7]. Figure 4.2 also depicts the in-cylinder

mixture homogeneity variance at ignition timing for different EOI timings. Mixture

homogeneity improves with advanced injection timings, and it relates colsely with

fuel adhesion on valves (Fig. 4.2). Maximum adhesion quantity of fuels on valves

increases with advanced injection timing. Fuel adhesion on valves takes relatively

long time to evaporate, which would be a continuous source of fuel supply in an

even flow rate. However, all the fuel adhesion on valves would evaporate and flow

into cylinder before IVC in the same cycle. Thus, early injection timings have

relatively more homogeneous mixture in cylinder [7].

Effect of fuel spray impact and the interactions between successive injections on

air–fuel mixture preparation in PFI engine is investigated for HCCI combustion

[16]. Figure 4.3 depicts the overall mass fraction of evaporated fuel as a function of

the overall heat flux removed from the wall at different temperatures. The fuel

vaporization rate deteriorates with the fuel injection frequency due to the interac-

tion between successive spray impacts, while its significance decreases as the

surface temperature reaches to its overall Nukiyama [16]. Interaction between

consecutive fuel injections is expected to have significant effect on charge prepa-

ration in HCCI combustion engine. Additionally, deterioration of the charge quality

can be avoided at high loads only if the heat transfer regime of impacting droplets is

Fig. 4.2 Maximum fuel adhesion quantity on intake port and valves and in-cylinder mixture

homogeneity for the different end of PFI injection timings (Adapted from [7])
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close to the overall critical heat flux (Fig. 4.3), while in the nucleate/boiling or

above the overall critical heat flux, the interaction between consecutive fuel injec-

tion reduces the fuel evaporation [16].

The dominant soot particle production mechanism is often described through the

existence of liquid fuel pools on the mentioned in-cylinder areas, where pool fires

are originated. Removal or attachment of liquid film on the cylinder head-intake

port surroundings is found to be highly influenced by the mode of in-cylinder liquid

film transport and the characteristics of the flow. Liquid film transport mechanisms

are highly affected by higher engine speed, early valve timing and narrow spray

pattern with OVI strategy, leading to the higher amount of fuel deposits on those

zones [17]. Thus, inhomogeneity in charge preparation is important during

combustion.

Figure 4.4 shows the degree of heterogeneity of the fuel mass fraction, and

temperature field in a port injected HCCI engine at intake BDC and combustion

TDC positions. The heterogeneity is computed using 3D CFD calculation and

assuming perfect mixture at intake valve opening (no simulation in the intake

port). Two heterogeneity scales are selected (þ/�25% and þ/�5%) to investigate

the level of homogeneity. The scale þ/�25% is selected because it matches with

the sensitivity of the optical diagnostic techniques typically used for fuel-air

mixture investigation, which indicates homogeneous mixture close to TDC position

(Fig. 4.4). The þ/�5% scale is more suitable for homogeneity visualization near

TDC [18]. At BDC position, the best scale is the þ/�25%, which suggests that

there is a difference of around 50% of the average value between the highest and

Fig. 4.3 Mass fraction of evaporated fuel as a function of overall heat flux for constant surface

temperatures [16]
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lowest local values. These heterogeneity fields in combustion chamber demonstrate

that the homogeneity is not absolute. The fuel mass fraction is higher below the

intake valve at TDC position in the symmetry plane of the combustion chamber.

Figure 4.4 shows that local equivalence air–fuel ratio at compression TDC is higher

below intake valves, where autoignition can be favourable first. Highest local

Fig. 4.4 Degree of heterogeneity of the (a) fuel mass fraction and (b) temperature field in a PFI

engine [18]
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temperature is found in the centre of the combustion chamber due to higher heat

losses near the piston because of much lower squish height. Region below the

intake valve facing towards exhaust valve can be the most favourable auto-ignition

region due to the heterogeneity of charge [18]. It can also be noted that while this

result is by assuming perfect mixture from the port, the inhomogeneity of mixture

entering in the cylinder can create a different distribution.

Numerous studies used PFI strategy for charge preparation in HCCI combustion

using gasoline or gasoline-like fuels. Some initial HCCI combustion studies have

also used PFI injector for creating homogeneous mixture with diesel [9, 19,

20]. Diesel PFI has difficulties due to its higher boiling range resulting in poor

evaporation. Next section discusses the external charge preparation using diesel-

like fuels.

4.1.2 Diesel-Like Fuels

Premixed charge combustion using diesel encounters challenge of preparing well-

mixed charge due to its lower volatility. For diesel fuel, typically direct injection

(internal charge preparation) is suggested to avoid the evaporation and mixing

issues. To prepare the homogeneous mixture with diesel fuel outside the cylinder,

the external arrangement is required to vaporize the diesel. External charge prep-

aration using diesel has been explored using air-assisted injectors and external

diesel vaporizers. In the air-assisted injection system, fuel is injected using gasoline

port injector inside an air-assisted cap, where it mixes with the externally supplied

air [21]. In external diesel vaporizer, fuel is injected in the externally heated

chamber, which creates diesel vapours [22, 23]. Figure 4.5 illustrates the schematic

diagram of external charge preparation using diesel vaporizer.

Fig. 4.5 Schematic diagram of electronically controlled diesel vaporizer system for HCCI

combustion [23]

174 4 Premixed Charge Preparation Strategies



The fuel vaporizer system is used in creating vapour of diesel fuel. The intake

manifold of the engine is modified to house the fuel vaporizer, and the diesel

vapours are injected in air present in the intake manifold [23]. The diesel vapours

follow the intake air motion very well, and the droplets have high evaporation rate

because of very high surface to volume ratio. Vaporized diesel fuel disperses

uniformly in the surrounding airstream creating fairly well-mixed air–fuel mixture.

In this type of system, additional requirement of energy and temperature control

system is required. However, fuel injection system is less demanding and it operates

at lower fuel injection pressure. Due to additional complexity of the system,

internal charge preparation by direct fuel injection at appropriate timings is

recommended for diesel-like fuels.

4.2 Internal Charge Preparation

Internal charge preparation means fuel and air are mixed inside the engine cylinder.

In this strategy, fuel is directly injected in the cylinder. Quality of premixed charge

obtained depends on fuel injection characteristics and fuel properties. Fuel injection

timings, number of injections and fuel injection pressure are the main fuel injection

characteristics, which governed the premixed charge preparation quality and degree

of stratification for a particular fuel. Fuel injection timings can be broadly catego-

rized as early and late direct injection. Early fuel injection timing refers to the fuel

injection early in the compression stroke. Late direct injection timings typically

refer to the fuel injection timings close to combustion TDC of engine cycles. Major

concern in this strategy is that the fuel injection ends before autoignition starts to

achieve premixed charge combustion in the cylinder. Other important concern

during direct injection is to avoid fuel impingement on the cylinder walls by

controlling fuel spray penetration length. Internal charge preparation strategy also

offers direct control of the combustion timings. Fuel injection strategy also depends

on fuel properties. Charge preparation strategy with gasoline- and diesel-like fuels

is presented in next subsections.

4.2.1 Gasoline-Like Fuels

Presently most of the low temperature combustion research is focused on gasoline-

like fuels. Internal charge preparation strategies using direct injection (DI) produce

premixed stratified fuel–air mixture. Low temperature combustion strategies using

gasoline direct injection can be divided into three main categories based on

stratification of charge: (i) partial fuel stratification (PFS), (ii) moderate fuel

stratification (MFS) and (iii) heavy fuel stratification (HFS) [24]. Figure 4.6 illus-

trates the fuel injection strategies and corresponding charge quality based on

stratification (PFS, MFS and HFS) in low temperature gasoline compression

4.2 Internal Charge Preparation 175



ignition (LTGCI) engines. In Fig. 4.6, fuel injection bar width is proportional to the

quantity of injected fuel, and height of the bar is proportional to corresponding fuel

injection pressure.

In the HFS strategy, relatively higher fuel injection pressure is used to create the

air–fuel mixture. In some of the fuel injection strategies, multiple fuel injection is

also used (Fig. 4.6). In case of multiple injection strategy, injection centroid is used

as metric to evaluate the fuel stratification category. The injection centroid (θinj) is
mass weighted average injection timing, and it is calculated by Eq. (4.1) [24].

θinj ¼
PNinj

i¼1

YiSOIi

PNinj

i¼1

Yi

¼
XNinj

i¼1

YiSOIi ð4:1Þ

where Ninj is the number of fuel injection events, Yi is fuel mass fraction in injection

even i and SOIi is the start of injection (SOI) in injection event i. This metric is used

to determine the level of fuel stratification as shown in Fig. 4.6.

The PFS strategy has lowest level of stratification, and most of the fuel is

injected early in the intake stroke or by port fuel injection. The PFS strategy is

Fig. 4.6 Description of different fuel injection strategies and charge qualities based on stratifica-

tion in low temperature combustion using gasoline [24]
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typically used to increase the high load limit (while maintaining ultralow NOx and

soot emissions of HCCI combustion) by reducing heat release rate (HRR) due to

sequential autoignition of partially stratified charge [2, 25–29]. For reduction of

HRR by fuel stratification, autoignition of fuel must be sensitive to variations in the

local fuel–air equivalence ratio (ϕ), such that the ϕ stratification in the cylinder

generates a staged heat release event due to sequential autoignition occurring down

the ϕ gradient [26]. In the PFS strategy, fuel is fully premixed and a fraction (up to

about 20%) of fuel is directly injected into the latter part of the compression stroke

using a GDI injector to create the mixture stratification. This PFS strategy is

selected because it provides adequate fuel stratification and the premixed fuel

retains a sufficiently high ϕ in the leanest parts of the charge to achieve good

combustion efficiency [27]. The large premixed portion also promises good air

utilization throughout the combustion chamber. This fuel injection strategy is also

termed as standard PFS (std-PFS), where 80–95% of the fuel is fully premixed and

rest of the fuel directly injected at 35–60 CAD before the combustion TDC. It is

important to note that the injection timings of the late DI fuel are still relatively

early, �35� CA before TDC. These SOI timings ensure that fuel injection is

complete before the start of combustion. Therefore, the late DI fuel undergoes

substantial mixing with the air before the onset of the sequential autoignition

process [29]. In the std-PFS, the intake temperature must be kept sufficiently high

to prevent fuel condensation in the intake system.

The DI fuelling removes fuel condensation issue in the intake system, and it

allows the intake temperature close to ambient temperature. Therefore, another

strategy termed as early DI PFS (E-DI PFS) is used to increase the engine load for a

given intake boost, i.e. increasing the load-to-boost ratio, compared to premixed

fuelling (see Chap. 7). In this strategy all the fuel is injected directly into the

cylinder during intake stroke. In the DI fuelling, injection even in early intake

stroke (60� CA after intake TDC), the charge mixture is not completely uniform by

the time combustion occurs, and the resulting mixture distribution works well for

PFS [2]. This strategy is able to increase the thermal efficiency of engine. To

improve the fuel stratification further, dual direct injection (D-DI) PFS strategy is

proposed [29]. In the D-DI PFS strategy, majority of fuel is injected as E-DI PFS

(60� CA a TDC intake), and a fraction of fuel injected in the later part of

compression stroke (more than �35� CA before TDC) to achieve a sequential

auto-ignition combustion mode similar to std.-PFS. The D-DI strategy can slightly

improve the thermal efficiency in comparison to E-DI PFS strategy.

The MFS strategy increases the fuel stratification in comparison to PFS by

reducing the premixed quantity of fuel. MFS strategy typically injects all the fuel

directly in the cylinder during compression stroke. Additionally, the MFS strategy

typically has a fuel injection event near TDC to trigger the combustion [30–35]. A

low temperature partially premixed combustion process in MFS regimes is also

termed as gasoline direct injection compression ignition (GDCI) in various studies

[31, 32, 34, 35]. In this strategy, gasoline is injected at typical GDI fuel injection

pressure by multiple injections, and it rapidly vaporizes and mixes with air. In

GDCI, the engine has a shallow pent roof quiescent combustion chamber and
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central-mounted injector. To facilitate the injection-controlled fuel stratification,

quiescent chamber is selected, and swirl, tumble and squish are minimized so that

excessive flow is not able to destroy the stratification produced by injection process

[34]. The piston and bowl shape are also matched with the injection system and

spray characteristics. Multiple late direct injections are found to be beneficial for

this LTC strategy [30]. The basic idea is to form combustible mixtures in different

regions of the cylinder which have their different characteristic air–fuel ratio,

ignition delay time and temperature history (by fuel stratification). The stratification

in combustion chamber leads to long enough combustion duration for reducing the

combustion noise and fast enough heat release to achieve higher thermal efficiency

[35]. It is found that with three injections, the desired efficiency and emission can be

achieved in GDCI. Typically first injection event takes place in the middle of

compression stroke at relatively lower pressure and temperature and delivers fuel

above the piston. The second injection typically targets the lower outer bowl of the

piston. The third injection event takes places close to TDC, which leads to low

spray penetration, and this fuel occupies the inner bowl region. In this way, this

strategy creates a partially stratified charge in the cylinder.

Fuel stratification in HFS strategy is higher than MFS. A low temperature

premixed combustion process in HFS regime is also termed as partially premixed

combustion (PPC) in various studies [36–39]. In PPC strategies, typically gasoline-

like fuel (higher octane number than diesel) is used. In this strategy, single and

multiple fuel injection is used to create the fuel–air mixture. Figure 4.7 illustrates

the difference in the temporal evolution of liquid length in gasoline and diesel fuel

spray at SOI 14�CAD bTDC under vaporizing but non-reacting conditions. The

images are presented from the SOI to the stabilized zone. Figure 4.7 depicts that

there are significant differences in terms of liquid length in gasoline and diesel

spray, and gasoline spray penetration is relatively shorter than diesel.

Injection timing has significant role in spray formation process because gas

density and temperature are different for different SOI timings. Fuel spray charac-

teristics depend on the gas density and temperature in the combustion chamber.

Figure 4.8 shows the liquid length of diesel and gasoline spray for different

injection timings relevant to PPC strategy. Figure 4.8 depicts that stabilized value

of the liquid length is shorter with gasoline fuel in comparison to diesel fuel and it is

1.8–2.4 times shorter than diesel liquid length. The liquid length increases with

advanced fuel injection timings. Simplified one-dimensional model to estimate the

liquid length (LL) is given by Eq. (4.2), where D0 is the nozzle diameter, ρf is the
fuel density, ρg is the gas density and Yf,evap is the vaporized fuel mass fraction [40].

LL ¼ k � D0 �
ffiffiffiffiffi
ρf
ρg

s
� 1

Yf , evap
ð4:2Þ

For advanced SOI timings, liquid length is higher mainly due to the lower

chamber temperature attained (in the range of SOI showed). The changes in

temperature have a great influence on vaporized fuel mass fraction, and it is
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found to be the key parameter governing the differences in liquid length for

gasoline and diesel under stabilized conditions [36].

Figure 4.9 shows the fuel–air equivalence ratio distribution after the end of

injection (EOI) in PPC engine for SOI timing 25� bTDC using gasoline. Air–fuel

ratio is estimated using average of ten selected single-shot fuel-tracer PLIF images

at particular crank positions. Figure 4.9 shows that for most of the laser sheet

region, the equivalence ratio is below 4 with some exceptions in the core of jets.

The fuel jets interact with the cylinder wall and, with the swirl of intake airflow,

create three local parcels with Φ> 1.0 (at�5� CAD). The vaporized fuel continues
to mix with the local air, and, finally, two local zones are created at 5� (marked by

Fig. 4.7 Temporal evolution of the liquid length for gasoline and diesel fuel spray at same fuel

injection timings [36]

Fig. 4.8 Liquid length of diesel and gasoline spray for different fuel injection timings [36]
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Fig. 4.9 Fuel–air

equivalence ratio

distribution after the end of

fuel injection in PPC engine

[37]
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“a” and “c”) with Φ in the range of 0.8–1.2. The study also showed that the earlier

SOI timings (90� bTDC) provide a further leaner charge in the diagnostic region at

5� CAD [37].

To achieve higher engine load and lower emission in PPC engine using gasoline,

a fuel injection strategy consisting two injection events is developed [41]. The first

injection event occurs early in the compression stroke (at 60� before TDC), and it is
fixed for each load condition. This injection event is used to create a homogeneous

mixture, while the second injection event is close to TDC to create fuel stratifica-

tion, which triggers the PPC combustion process. The quantity of fuel in the first

injection is independent of the load, and it is a function only of compression ratio,

reactivity of the fuel and EGR level [39]. The engine load and combustion phasing

are controlled through the second injection.

Figure 4.10 shows the fuel percentage in the first injection and mixing period as

function of IMEP in PPC engine. Fuels designated as G.ON x/y in the Fig. 4.10

represents gasoline octane number, where ‘x’ is RON, and ‘y’ is MON. Figure 4.10

depicts the amount of fuel in the first injection depends on the compression ratio and

octane number of the fuel. To avoid the oxidation reactions in the fuel injected

during first injection, high amount of EGR is used. For higher reactivity fuel, the

pilot quantity of fuel is zero and only main injection takes place (Fig. 4.10a).

At lower compression ratio, higher amount of pilot fuel can be used due to

relatively lower compression temperature. At lower compression ratio, higher

engine load can be obtained by burning higher quantity of fuel for same combustion

noise limits. Mixing period is relatively shorter at lower compression ratio

(Fig. 4.10b). Mixing period is defined as the crank angles between the end of the

main injection (EOIm) and 10% of total heat release (CA10). At high load, the

mixing period decreases together with the fuel octane number (Fig. 4.10b).

A study also investigated the effects of injection timing on fluid flow character-

istics of PPC engine [42]. The study demonstrated that during injection, the

turbulence level noticeably increases by 2–4 times depending on the injection

timing. The vortex inside the piston bowl, driven by the spray, persists during the

ignition delay period. After the end of injection, turbulence level and mean velocity

decrease, which decreases the mixing efficiency until the start of combustion

(SOC). Later injection timings in PPC combustion cause higher mean velocity

and turbulence level inside the piston bowl and consequently higher mixing

efficiency [42].

4.2.2 Diesel-Like Fuels

The level of homogenization realizable with diesel fuel for the charge preparation is

far away from that in a conventional SI engine. In fact, a study suggested that a

homogeneous stratification (rather than a homogeneous mixture) should be more

suitable term for lean HCCI diesel combustion [43]. It means that charge in the

cylinder contains homogeneously distributed small clouds of rich mixture in the
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cool air and oxidation reactions must progress concurrently in every cloud, in such a

way that combustion temperature is relatively lower and a lean combustion occurs.

Premixed charge compression ignition (PCCI) combustion using diesel fuel is

discussed in Sect. 2.5.1 of Chap. 2. Typically, charge preparation (fuel–air mixing)

using diesel is termed as internal charge preparation because diesel is mixed with

air inside the cylinder. Premixed charge preparation strategies using diesel can be

broadly categorized into early direct injection and late direct injection techniques.

In early direct injection PCCI combustion, various strategies exist such as premixed

lean diesel combustion (PREDIC), multiple stage diesel combustion (MULDIC),

Fig. 4.10 (a) Fuel percentage in the first (pilot) injection and (b) mixing period as function of

IMEP in PPC combustion (Adapted from [38, 39])
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homogeneous charge intelligent multiple injection combustion (HiMICS),

premixed compression ignition (PCI), uniform bulky combustion system

(UNIBUS) and narrow angle direct injection (NADI). In late injection premixed

charge combustion, strategies such as modulated kinetics (MK), homogeneous

charge late injection (HCLI) and the highly premixed late injection (HPLI) are

investigated.

Some major issues exist in the formation of homogeneous air–fuel mixture in the

engine cylinder using diesel fuel [44]. To create homogeneous mixture, relatively

higher amount of time is required for homogenization, which can be achieved by

well-advanced fuel injection. During advanced fuel injection, air density and

temperature are lower, which leads to poor atomization and evaporation. To

avoid the fuel impingement on cylinder wall, higher fuel injection pressure is not

possible. Other main concern is lower vaporization of diesel droplets due to the low

volatility of diesel fuel. Figure 4.11 shows the variation of gas density and temper-

ature as function of crank position along with diesel vaporization region. In early

direct injection strategy, fuel is injected early in the compression stroke (well

advanced compared to conventional diesel combustion). During early injection

timings, air temperature and density are relatively lower, which increases the

penetration length of diesel spray. However, during late injection strategy, fuel is

injected in higher gas temperature and density resulting into faster evaporation and

lower liquid penetration length. Typically used injection timing for early and late

injection strategies is shown in Fig. 4.11.

Fig. 4.11 In-cylinder gas density and temperature as function of crank position in CI engine

(Adapted from [45])
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Figure 4.12 demonstrates the typical fuel injection timings in different lean

premixed diesel combustion strategies in early and late direct injection regime.

The figure depicts that single and multiple direct injection strategies are used to

create premixed charge. In early injection strategies, avoiding fuel impingement

and cylinder wall wetting is the key challenge due to fuel injection in relatively

lower gas density and temperature. To achieve this target, redesign of fuel injection

system or geometrical arrangement is essential. Figure 4.12 illustrates the injector

arrangement in the cylinder for PREDIC and conventional diesel combustion

(CDC) strategies. Two side injectors are installed for PREDIC and MULDIC

strategies to create lean premixed charge in the cylinder. Side injector is employed

to increase the distance between fuel injector and cylinder wall in comparison with

central injection in CDC to avoid fuel impingement on the cylinder wall. Therefore,

Fig. 4.12 Fuel injection strategies in different lean premixed diesel combustion strategies

(Adapted from [46–50])
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the side injectors are beneficial for lean premixed fuel–air mixture preparation

using diesel fuel [51] (Fig. 4.13).

Figure 4.14 schematically illustrates the differences in air–fuel mixture forma-

tion in PREDIC and CDC strategies. Horizontal coordinates represent excess air

ratio λ and vertical coordinates the magnitude of fuel–air mixture prior to ignition,

Fig. 4.13 Fuel injector arrangement in PREDIC and CDC strategies [51]

Fig. 4.14 Illustration of

air–fuel mixture formation

processes and differences in

PREDIC and CDC [51]
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and the distribution is determined using numerical analysis. In CDC strategy, fuel is

injected close to TDC, which leads to the formation of overly rich mixture imme-

diately after injection prior to ignition. However, in PREDIC strategy, early direct

injection (typically 90�BTDC) takes place, which allows sufficient time for evap-

oration and mixing of fuel. Therefore, overly rich mixture created after injection

becomes leaner prior to the start of combustion. Thus, PREDIC strategy has leaner

premixed combustion than CDC even with same overall excess air ratio (λ).
Different strategies in early direct injection regime have been explored for

charge preparation (Fig. 4.12). These strategies can be broadly categorized into

impinging sprays, hollow cone sprays and ordinary diesel sprays, which are typi-

cally used in combination with a narrow included angle and/or multiple injections

[53, 54]. Narrow angle direct injection (NADI) strategy is proposed in order to

avoid fuel deposition on the cold cylinder liner, which can be achieved by reducing

the spray angle [55]. Figure 4.15 illustrates the differences in combustion chamber

Fig. 4.15 Illustration combustion chamber and fuel spray in (a) CDC and (b) narrow angle direct

injection strategy [52]
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and spray in CDC and narrow angle direct injection system at different crank

positions. In CDC configuration, spray will miss the piston bowl for early fuel

injection timings (Fig. 4.15a). However, in narrow spray cone angle injector, the

fuel spray will not miss the piston bowl for early injection timings (Fig. 2.15b) [52].

Modulated kinetic (MK) combustion system is of the widely discussed late

direct injecting regime for premixed charge diesel combustion [56]. In this strategy

diesel is directly injected into the cylinder near or after TDC. However, heavy

amount of cooled EGR, higher swirl and lower compression ratio are used to

increase the ignition delay for creating premixed charge. This system employs

two mutually independent intake ports, one of which is a helical port for producing

an ultra-high swirl ratio and the other is a tangential port for creating a low swirl

ratio. Late direct injection of diesel can remove the problems related to fuel wall

impingement, but shorter ignition delay of diesel limits this strategy to lower engine

loads [57]. The more discussion on early and direct injection strategies can be found

in Chap. 2 and in reference [58].

The lean premixed charge combustion using neat diesel in late and early

injection regime is able to achieve only low or medium engine loads. Recent studies

focus more on using high octane fuels (like gasoline) to achieve higher engine loads

in LTC using premixed charge (see Chap. 7). Premixed charge preparation using

gasoline-like fuels is already discussed in Sect. 2.1. In LTC regime, diesel injection

is done along with low reactivity gasoline-like fuels in dual fuel RCCI combustion.

Dual fuel charge preparation strategy is discussed in the next section.

4.3 Dual Fuel Charge Preparation

In dual fuel LTC strategy (such as RCCI), two fuel of different reactivity are used.

Detailed discussion on fundamentals of RCCI combustion is given in Sect. 2.6 of

Chap. 2. Typically, low reactivity fuel (gasoline-like fuels) is injected in the intake

manifold by PFI strategy, and high reactivity fuel is directly injected into the

cylinder to create reactivity stratification in the combustion chamber. In recent

studies, significant advantage is demonstrated by injecting both high and low

reactivity fuels directly in the cylinder (see Chaps. 2 and 7). Charge preparation

strategy in dual fuel combustion using single direct injection and dual direct

injection is presented in next subsections.

4.3.1 Single Fuel Direct Injection

In RCCI combustion engine, performance and emission characteristics depend on

fuel injection parameters such as fuel premixing ratio, fuel injection timings, fuel

injection pressure and spray angle of injected fuel. These parameters affect the

charge quality and fuel distribution (stratification) in the cylinder. To achieve the
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RCCI combustion, diesel is directly injected in the cylinder by single or dual

injection, and gasoline is typically injected into the intake port. Figure 4.16 presents

the premixing ratio (ratio of gasoline mass and total fuel mass) as a function of

engine speed and load condition. The RCCI operation is achieved by an early single

DI pulse of diesel fuel (between 30 and 70� BTDC) and port fuelling of gasoline

during closed intake valve conditions [59]. Fuel rail pressure is reduced as diesel

start of injection (SOI) timing is advanced to avoid spray impingement on the

cylinder walls. Figure 4.16 depicts that the premixed ratio varies with engine speed

and load to achieve reasonable burn rate and lower emissions.

At particular premixing ratio, injection parameters such as injection timing,

injection pressure and spray angle govern the fuel reactivity distribution in the

chamber. Figures 4.17 and 4.18 show the effects of spray angle and SOI timings on

the equivalence ratio distribution in the combustion chamber of the RCCI engine

operated at 1500 rpm and 4 bar BMEP. Selection of proper spray angle can define

how diesel fuel parcels distribute throughout the cylinder and it has significant

effect on combustion characteristics of RCCI engine.

Figure 4.17 depicts that for narrower spray angles, diesel fuel parcels are

gathered in the piston bowl. For spray angles 25�, 35� and 45�, some fuel droplets

are attached to the piston bowl surface because of the spray impingement. This

event occurs when the incident angle of the impinging droplets is perpendicular to

the piston bowl surface. Diesel parcels are not able to mix with gasoline–air mixture

perfectly in the impinging conditions, which leads to lower heat release rate

[60]. However, piston bowl impingement is more preferred in comparison to

cylinder liner impingement or piston top impingement, because of relatively higher

piston bowl temperature than in cylinder walls. Diesel fuel parcels target wall and

the squish region for wider spray angles (Fig. 4.17). Thus, autoignition initiates and

propagates in/from region leading to complete consumption of the fuel in the squish

region. Therefore, wider spray angles have lower unburned hydrocarbon emissions.

Fig. 4.16 Fuel premixing

ratio as a function of engine

speed and load in RCCI

engine (Adapted from [59])
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However, homogeneously distributed gasoline burns incompletely near the liner in

squish region because high reactivity fuel targets in the piston bowl region.

Mixing time of diesel increases with advanced SOI timings in the compression

stroke, which produce a partially premixed mixture of gasoline, diesel and air. Local

equivalence ratio gradient reduces, and mixture homogeneity increases with increase

in mixing time that can also lead to very low reactivity mixture zones in the cylinder.

Therefore, with too advanced SOI timings, RCCI combustion approaches partial

burn/ misfire burn conditions. For delayed SOI timing, fuel-rich regions are created

due to shorter mixing time, which leads to higher NOx and soot emissions [60]. Fig-

ure 4.18 demonstrates that advanced SOI timing causes more premixed mixture with

lower local reactivity gradients, which can be observed by comparing the SOI ¼
�63� aTDC with SOI ¼ �45� aTDC at crank shaft positions �12� and �2� aTDC.

To determine the operating map of RCCI engine with EURO VI limits, an

experimental procedure is developed with a well-defined criteria [61, 62]. Fig-

ure 4.19 presents the summary of the RCCI engine operation strategy along with

fuel injection strategy. Operating limitations used to decide an acceptable RCCI

operation: NOx ¼ 0.4 g/kWh, soot ¼ 0.01 g/kWh, maximum PRR ¼ 15 bar/CAD

and Pmax ¼ 190 bar (see Chap. 7 for more details).

Fig. 4.17 Effects of spray angle on equivalence ratio at the different crank angle position in

RCCI engine operated at 1500 rpm, 4 bar BMEP, SOI ¼ �53� aTDC and fuel injection pressure

480 bar [60]

4.3 Dual Fuel Charge Preparation 189



Figure 4.19 depicts three key steps in RCCI engine operation: (i) find potential

engine settings for stable operation at the desired load, (ii) achieve the EURO VI

(NOx and soot) limits by adjusting premixing ratio and injection timings along with

EGR and (iii) improve the fuel consumption andminimize the HC and CO emissions

while maintaining the EURO VI NOx and soot limits. Fuel injection timings and

premixing ratio play an important role in achieving the desired objective.

Typically, SOI timing of diesel in RCCI engine is around 60� before TDC to

ensure the premixing of diesel in case of single direct injection [63]. In case of

double direct injection RCCI combustion, first injection event occurs around 60�

before TDC, and second injection event takes place around 35� before TDC [64]. A

study used two different injection settings to operate the engine in fully premixed

RCCI and highly premixed RCCI operation (Fig. 2.45 of Chap. 2), where the dual

direct injection is used at two different injection timings [65]. Fuel injection

pressure affects the atomization, vaporization and dispersion of the diesel injected

liquid fuel. Higher fuel injection pressure leads to rapid vaporization and mixing

process, which results into more homogeneous mixture [66]. However, droplet

diameter decreases with increase in fuel injection pressure, and less penetration is

achieved due to inertial effect of injected fuel droplets leading to relatively lower

fuel distribution. At lower injection pressure, higher droplet diameter is achieved,

which leads to higher flexibility for fuel distribution throughout the cylinder [60]. In

Fig. 4.18 Effects of SOI timings on equivalence ratio at the different crank position in RCCI

engine operated at 1500 rpm, 4 bar BMEP, SOI ¼ �53� aTDC and fuel injection pressure

480 bar [60]
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Fig. 4.19 RCCI engine operation strategy to determine operating map with EURO VI limits [61]
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RCCI combustion, distribution of high reactivity fuel plays an important role in the

determination of combustion characteristics. Thus, lower fuel injection pressure is

used in RCCI combustion in comparison to CDC. Typical fuel injection pressure

used in RCCI combustion is 500 bar [63, 64].

4.3.2 Dual Fuel Direct Injection

The direct injection dual fuel stratification (DDFS) strategy combines the benefits of

RCCI and PPC by injecting both gasoline and diesel directly into the cylinder,

enabling control over the in-cylinder distribution of both fuels. The DDFS strategy

provides additional control on combustion for engine operation with conventional

fuels and compression ratios of typical diesel engines. Section 2.6.4 of Chap. 2 pro-

vides more details on DDFS strategy. Drawing of the cylinder showing the injector

locations and orientations in typical DDFS along with typical injection strategies in

DDFS is given in Fig. 2.46 (Chap. 2). InDDFS strategy, gasoline is injected during the

intake stroke and it is effectively premixed. Gasoline is typically injected at 1000 bar

fuel injection pressure. Similar to RCCI, diesel is injected 40–60� before TDC

(at typical fuel injection pressure 500 bar) and creates a reactivity gradient that allows

for precise control over the LTHR. After LTHR is complete, and just as the main heat

release is beginning (0–10� BTDC), gasoline is injected a second time and burns in a

diffusion-controlled manner, allowing for considerable increase in load without

increasing peak HRR and combustion noise [67].

Typical fuel injection strategy in various LTC techniques is summarized in

Fig. 4.20. In well-mixed HCCI combustion, fuel is typically injected into intake)

Fig. 4.20 Fuel injection strategies in different LTC techniques (not to scale) (Adapted from

[68, 69])
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manifold by PFI system. In the HCCI combustion using PFS, most of the fuel is

injected into the manifold and a direct injection event occurs in the range of 60�–
35� before TDC. To create the partial stratification in HCCI combustion, single

direct injection (HCCI-DI) and dual direct injection (D-DI) take place. In HCCI-DI

PFS strategy, all the fuel is injected around 60� after intake TDC. However, in

D-DI-PFS, first direction injection event occurs at 60� after intake TDC, while the
second injection occurs 35� before TDC.

Premixed diesel injection strategies are also described in Fig. 4.12. Gasoline

compression ignition (GCI) has two strategies of early and late injection. In RCCI

combustion, gasoline is injected into the intake port, and diesel is directly injected

in the cylinder. Diesel is injected by single or double direct injection as shown in

Fig. 4.20. In DDFS strategy, both gasoline and diesel fuel are directly injected in the

cylinder to create the desired level of fuel stratification and premixing.
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Chapter 5

Combustion Control Variables and Strategies

Abstract Low temperature combustion (LTC) engines need different enabling

technologies depending on the fuel and strategy used to achieve combustion of the

premixed fuel–air mixture. Controlling the combustion rate is one of the major

challenges in LTC engines, particularly in HCCI combustion engine. To achieve

higher thermal efficiency, the desired phasing of combustion timings is essential

even at moderate combustion rates. Present chapter describes the combustion

control variables and control strategies used for LTC engines. Various methods

demonstrated to control the LTC engines can be categorized in to two main

strategies: (i) altering pressure–temperature history and (ii) altering fuel reactivity

of the charge. Temperature history of the charge in the cylinder can be altered by

several parameters such as intake conditions (temperature and pressure), EGR,

variable valve timing (VVT), variable compression ratio (VCR), water injection,

supercharging and fuel injection strategies. Fuel reactivity of charge in the cylinder

can be altered by various parameters such as equivalence ratio (Φ), fuel stratifica-

tion, fuel additives, ozone additions and dual fuel. All these combustion control

strategies are discussed for utilizing gasoline-like fuels in HCCI, PPC and RCCI

combustion mode engines.

Keywords Combustion control • HCCI • EGR • PPC • NVO • Dual fuel •

Additives • VVT • VCR • RCCI • LTC

5.1 Altering Time Temperature History

Time–temperature history of the charge in the cylinder determines the combustion

timings, which essentially governs the combustion rate and thermal efficiency. In

different LTC strategies, charge temperature history is controlled to achieve desired

combustion phasing and extend the engine operating load. Temperature and pres-

sure history of charge in the cylinder is correlated by gas equations. The time–

temperature history of the charge is affected by several engine operating parameters

discussed in the following subsections.
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5.1.1 Intake Thermal Management

Appropriate thermodynamic and chemical in-cylinder conditions are required in a

HCCI combustion close to TDC position to achieve the autoignition at desired

combustion phasing. Additionally, the air–fuel mixture in HCCI combustion needs

to be sufficiently dilute to keep combustion rates and maximum charge temperature

low enough to achieve acceptable ringing intensity (see Chap. 7) and NOx emis-

sions. Fuel typically used in HCCI combustion is gasoline-like fuels, which have

higher autoignition temperatures. Intake preheating of charge is often used to

enable the autoignition and phase the HCCI combustion at adequate crank position.

Basic idea is to increase the temperature of charge at intake valve closing (IVC),

where compression of charge starts. This temperature can be increased by increas-

ing intake temperature or trapping the hot residual gases in the cylinder by negative

valve overlap (NVO). Since in HCCI combustion engine is mainly kinetically

controlled, it has the sensitivity to the charge temperature. Several techniques are

used to increase the initial temperature of the charge at compression start position

such as electrical preheating, exhaust heat exchanger, glow plugs etc. [1–4].

Figure 5.1 shows the required inlet temperature at IVC position as a function of

engine speed and load in naturally aspirated HCCI engine using ethanol for different

compression ratios. Higher intake temperature advances the combustion phasing,

which increases the pressure rise rate drastically and sometimes above acceptable

limits. Lower intake temperature retards the combustion phasing, which may leads

to partial burn or misfire due to low combustion temperature. The lower temperature

at retarded combustion phasing leads to the lower combustion efficiency. Operating

limits shown in Fig. 5.1 used the acceptable pressure rise rate <5 MPa/ms and

combustion efficiency >85%. At particular engine load (IMEP), the temperature

shown in Fig. 5.1 corresponds to most efficient inlet temperature (TIVC with highest

thermal efficiency). Figure depicts that higher TIVC is required at lower IMEP for

every engine speed at given compression ratio. Higher inlet temperature required is

due to leaner mixture operation (lower reactivity) at lower IMEP conditions. Richer

engine operating conditions require relatively lower intake temperature. For higher

engine load conditions, comparatively lower TIVC is required at higher compression

ratio (Fig. 5.1). The higher compression ratio increases the compression temperature

required for autoignition. Outside the operating range (Fig. 5.1), at higher intake

temperature, the volumetric and thermal efficiency of the engine is very low. Intake

temperature is required to be adjusted along with change in engine speed and load

conditions as shown in Fig. 5.1.

Intake temperature control is usually thought as too slow response parameter for

closed-loop control of transient HCCI combustion. The most direct implementation

of intake temperature control is an electric heating element in the intake air path.

The thermal inertia of the heating element itself causes a time constant of the order

of seconds, which is indeed too slow for closed-loop control of transient HCCI

combustion (as engine cycle typically completes in few milliseconds) [6]. A more

sophisticated solution to this problem is fast thermal management (FTM) [7]. Fast

thermal management can be used to control the temperature of the mixture at the
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beginning of compression stroke. The inlet temperature strongly affects the com-

bustion phasing. It is demonstrated that thermal management could be used for

HCCI control in a wide range of operating conditions [8]. Figure 5.2 shows the

schematic of FTM system used for control of HCCI combustion. To achieve fast

thermal management control of the inlet temperature, a source of cold ambient air

and a source of hot air (heated electrically or by exhaust heat recovery) is used. By

controlling the valves of the hot and cold airflows, cycle-to-cycle control of the inlet

temperature can be achieved. The benefit of this method is that it does not require

major engine modifications or use of fuel additives. The major drawback of FTM is

that the engine system has to be fitted with a heater (electrical or exhaust heat

exchanger) [10]. The mixing of hot can cold air can be inside or outside the cylinder

(Fig. 5.2) by independently controlling the valves.

To avoid the electric heater for intake preheating in HCCI combustion, heat

exchangers are used to extract the heat from engine exhaust. Figure 5.3 illustrates

the system used for extracting heat from engine exhaust and coolant to preheat the

intake air. At lower engine loads, the difference between exhaust gas temperature

Fig. 5.1 Engine TIVC (inlet temperature) as function of engine load and speed in ethanol HCCI

combustion at different compression ratios [5]
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and intake air temperature can become insufficient for intake preheating. Intake

throttling is necessary to compensate for this temperature difference. At lower

engine load, exhaust temperature is also lower, and typically, higher intake tem-

perature requirement is also higher at low engine loads. Figure 5.4 shows the

interaction between inlet air temperature, combustion phasing and exhaust gas

temperature in HCCI combustion with exhaust heat recovery. Higher inlet temper-

ature leads to advanced combustion phasing, which results in lower exhaust tem-

perature. Lower exhaust temperature leads to the decrease in intake temperature

resulting into delayed combustion timings. Delayed combustion timings then

increase the exhaust temperatures (Fig. 5.4). The exhaust heat recovery-based

system shown in Fig. 5.3 is not typically operated during engine start-up [4, 12].

In general idea of using heat exchanger may have difficulty in adjusting the intake

Fig. 5.2 (a) Schematic of heated and cold air arrangement in engine with two intake valve

(Adapted from [9]), and (b) schematic of FTM system (Adapted from [7])

Fig. 5.3 Schematic of air preheating system by using heat exchanger taking heat input from (a)

both exhaust and coolant (Adapted from [11]), and (b) exhaust (Adapted from [4])
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temperature rapid enough to meet the control requirement during transient opera-

tion due to the thermal inertia of heat process. The FTM is presented as an

acceptable alternative of exhaust heat recovery method.

Intake temperature requirement depends on the engine load as well as combus-

tion strategy. Figure 5.5 shows the intake temperature requirements in PPC engine

using different gasoline-like fuels at 1300 rpm for two compression ratio. Fuels

designated as G.ON x/y represents gasoline octane number, where ‘x’ is RON, and
‘y’ is MON. Figure depicts that intake temperature requirements decrease with

increase in engine loads. To achieve higher engine loads, typically higher intake

pressure is employed. Gasoline becomes Φ sensitive at higher intake pressure (see

Chap. 2), and stratification can be used to increase the load range. In PPC engine,

heavy stratification of gasoline is used, and thus, lower intake temperature is

required at higher engine load. At higher engine load (>10 bar IMEP), intake

temperature requirement is close to ambient temperature (Fig. 5.5). The lower

Fig. 5.4 Interaction between inlet air temperature, combustion phasing and exhaust gas temper-

ature in HCCI combustion with exhaust heat recovery [12]

Fig. 5.5 Intake temperature as a function of engine load and fuel type in PPC engine for different

compression ratios (Adapted from [13, 14])
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octane fuel is the relatively more reactive fuel and thus requires comparatively

lower intake temperature for PPC combustion. Figure also depicts that at lower

engine loads relatively higher intake temperature is required for all the fuels in PPC

combustion.

The PPC engine operation at idle/lower load using higher octane gasoline is a

major challenge. To achieve autoignition at lower load using high octane gasoline,

higher intake temperature or boost (higher intake pressure) is required. Available

boost pressure with standard turbocharger is limited at low engine load and speed

conditions. Higher intake temperature requirement at lower engine load is also

illustrated in Fig. 5.5. The usefulness of negative valve overlap (NVO) is investi-

gated in PPC engine at lower engine load conditions [15]. The purpose of NVO is to

trap hot residual gases in the cylinder for increasing the charge temperature to

enable auto-ignition while using high octane gasoline. At lower engine load,

exhaust temperature is also relatively lower, and thus, trapping residual gases of

lower temperature results into relatively lower charge temperature. To increase the

charge temperature for facilitating autoignition, higher amount of residual gases by

larger NVO is required. Increased NVO also increases the EGR (internal) fraction

in the cylinder. Higher amount of EGR leads to lower charge temperature by

increasing specific heat of the charge [15]. Hence, there exists optimum NVO

duration that can be used to operate the PPC engine at lower load condition.

Figure 5.6 shows the combustion instability (represented by standard deviation

of IMEP) and ignition delay variation at different NVO operating conditions with

and without the use of glow plug. Glow plug is used in combination with NVO, and

glow plug is continuously on during the experiment. Figure 5.6 depicts that glow

plug operation lowers standard deviation in IMEP (improves the combustion

Fig. 5.6 Standard deviation of IMEP and ignition delay variations (with and without glow plug) in

PPC engine using gasoline (Adapted from [15])
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instability) and reduces the ignition delay due to additional increase in charge

temperature by glow plug. Study [15] showed that the lowest ignition delay is

observed from approximately 120 CAD up to 200 CAD NVO (corresponding

residual gas fraction is 20–45%). The NVO duration of 180–200 CAD (40–45%

residual gas fraction) resulted into shortest combustion duration in PPC mode. This

is the result of several factors such fuel, EGR and temperature distribution in

addition to global charge temperature. Considering a limiting value of standard

deviation on IMEP for minimum achievable load, the low load limit of PPC engine

can be extended from 3.2 bar IMEP down to 2.2 bar IMEP by increasing NVO from

60 CAD to 180 CAD [59].

The RCCI combustion engine requires relatively lower intake temperature than

other LTC strategies. In RCCI combustion, typically a high reactivity fuel is

injected to enable the combustion in the chamber. The intake temperature require-

ment depends on the amount of low reactivity fuel injected in the cylinder.

Figure 5.7 shows the variation of intake temperature with port injected fuel fraction

in RCCI engine operation with gasoline/diesel and gasoline/gasolineþEHN. Intake

temperature requirement increases with increase in the low reactivity fuel to

enhance the autoignition. Similarly, intake temperature requirement is higher in

single fuel RCCI with additives (EHN) as overall low reactivity fuel increases.

5.1.2 Exhaust Gas Recirculation

Exhaust gas recirculation (EGR) is a well-established method for facilitating

control over ignition and combustion phasing, which affects the combustion per-

formance in CI engines [17]. The EGR is broadly divided in two category (internal

Fig. 5.7 Intake temperature requirement in RCCI engine with port fuel fraction (Adapted from [16])
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and external EGR) based on induction method in the cylinder. In external EGR

(eEGR), a faction of exhaust gases from engine tailpipe is recirculated back into the

intake manifold by typically passing through an EGR cooler. However, in case of

internal EGR (iEGR), hot residual gases are trapped in the cylinder by changing the

valve timings. The effect of EGR in HCCI engine is discussed in Sect. 2.2.4.5 of

Chap. 2. The use of EGR changes the charge composition and charge mixture

properties as the thermodynamic and chemical properties of EGR are significantly

different than air. EGR typically consists of significant amount of complete com-

bustion products (CO2 and H2O) and a large variety of incomplete combustion

products, some of which is trace quantity. The EGR as a diluent has the potential to

significantly alter and affect combustion characteristics including burn rates, igni-

tion timing, combustion and engine thermal efficiencies. Effect of EGR and its

constituents on ignition timing for gasoline and PRF80 fuel in HCCI combustion

is shown in Fig. 2.22 (Chap. 2). Chemical effect of incomplete combustion pro-

duction on the start of combustion in HCCI combustion is also shown in Fig. 6.29b

(Chap. 6). The EGR is also used to increase the engine operating load range of

HCCI combustion (Fig. 2.23 of Chap. 2).

In internal EGR, trapping of hot residuals from the previous cycle is achieved by

the using flexible valve trains. Desired amount of internal EGR is obtained by

adjusting the valve lift and valve timings (typically NVO) depending on engine

operating conditions. In NVO strategy, the exhaust valve is closed early and a

fraction of exhaust gas trapped in the cylinder undergo “recompression” due motion

of piston towards TDC. The trapped residual gases subsequently mix with the

cooler fresh incoming charge. Mixing of the fresh charge with the hot residual

gases leads to overall increase in the charge temperature, which facilitate to achieve

autoignition in HCCI combustion using high octane fuels [18]. In conventional

engines, in contrast to NVO, the positive valve overlap (PVO) is typically used

where both the exhaust and intake valves are open simultaneously for a short time

period around the intake TDC position. Figure 5.8 illustrates the PVO and NVO

valve lift profiles along with corresponding typical cylinder pressure trace. The

PVO shown in figure has negligible overlap between intake and exhaust events, but

it can vary depending on engine speed. Figure 5.8 also shows that advance in

exhaust valve closing (EVC) timing is complemented by a corresponding and equal

retard in intake valve open (IVO) timing in case of the NVO, and this strategy is

called “symmetric” NVO. This strategy is employed to minimize the pumping

losses related to recompression.

Another strategy for internal EGR is known as exhaust reinduction or

rebreathing. In exhaust reinduction, fraction of exhaust gases from the previous

engine cycle are inducted back into the cylinder during the intake stroke along with

fresh air by a short exhaust valve event during the intake stroke. A study demon-

strated the viability of reinduction HCCI and its potential for effective combustion

phasing control [20]. The sensible energy of exhaust inducted in the cylinder is

utilized to initiate the HCCI combustion. However, one of the main challenges with

reinduction HCCI is the cylinder-to-cylinder coupling, which occurs by mixing of

exhaust from different cylinders in the exhaust manifold and mixed exhaust is
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reinducted into the cylinders. This mixing couples the contents from one cylinder to

the contents of the other cylinders of the engine [21]. A model and control strategies

are developed to handle the cylinder-to-cylinder coupling concerns accompanied

with exhaust reinduction HCCI [22]. However, exhaust recompression (NVO

strategy) does not have cylinder to cylinder coupling issues altogether.

The HCCI combustion is significantly affected by the homogeneity of EGR. The

HCCI engine tends to tolerate more heterogeneously distributed EGR. For the same

EGR level, power out can be increased by heterogeneous EGR as it lowers the

pressure rise rate due to thermal stratification. Inhomogeneity among fresh charge

and residual gas is favourable condition because temperature in EGR rich regions of

Fig. 5.8 Illustration of PVO and NVO valve lift profiles along with typical cylinder pressure

curve [19]
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the chamber is higher than those attained in completely homogeneous in-cylinder

charge. The small inhomogeneity could be beneficial in reducing heat release

rate (see Sect. 2.2.4 of Chap. 2) [23].

Figure 5.9 illustrates the mean values of fuel oxygen equivalence ratio (ΦFO) and

oxygen mole fraction (χo2) as a function of charge temperature for understanding

the relation between the thermal and compositional stratification for internal and

external EGR conditions. This is determined by computing the average values of

ΦFO and χo2 of all CFD (computational fluid dynamics) cells within a particular

temperature range. The figure depicts that there is insignificant variation in com-

position (ΦFO and χo2) with respect to temperature in the PVO case with external

EGR. However, in case the of NVO internal EGR, both ΦFO and χo2 are negatively
correlated to the stratification in temperature. The hotter zones have a lower ΦFO

and lower χo2 than the colder regions, which have higher fuel to oxygen equiva-

lence ratios and less residual dilution [19].

Fig. 5.9 Pre-ignition (10�

CA bTDC) distribution of

the average ΦFO and χo2
within a zone versus charge

temperature (T) for

PVO-eEGR and

NVO-iEGR [19]
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A study showed that the composition of the EGR gases is different from that of

the engine exhaust gases due to an evolution inside the EGR pipe resulting from

several mechanisms: fragmentation, conglomeration and chemical reactions for

unburned hydrocarbons, oxygenates and NOx [24]. A weak evolution of CO, CO2

and O2 concentration is observed in the EGR pipe. Conglomeration of some

unburned hydrocarbons is found, which could not be interesting to control the

combustion because PAHs are not very reactive and present in the EGR gases in

very low concentration. Presence of aldehydes and ketones could impact HCCI

combustion phasing because of their high reactivity [24].

EGRhas thermal and chemical effect onHCCI combustion. However, EGR is used

in HCCI combustionmainly for thermal effect to reduce the charge temperature in the

cylinder. The EGR dilution also reduces the oxygen content in the charge, and at

higher engine loads, oxygen deficiency limits can also be encountered (see Chap. 7).

At higher engine loads, very high amount of EGR is required to control the heat release

rate. A PCCI combustion system used 54%EGR to retard the combustion phasing and

improve the obtained IMEP [25]. Another premixed charge combustion study used

highEGR rates up to 68% to effectively control the start of combustion [26]. However,

higher EGR amount decreases the thermodynamic efficiency, and it also creates

problems in engine transient response and temperature-stability characteristics. Cur-

rent research on LTC strategies are trying to reduce the quantity of EGR required to

control the heat release rate at higher engine loads.

Figure 5.10 presents the EGR flow rate as a function of engine load and fuel type

in PPC engine for different compression ratios. At higher compression ratio (18),

EGR flow rate around 50% is required for higher engine load, and low octane fuel

has lower requirement of EGR. At lower compression ratio, lower octane gasoline

Fig. 5.10 EGR rate as a function of engine load and fuel type in PPC engine for different

compression ratios (Adapted from [13, 14])
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and ethanol have lower EGR requirement for low load conditions. The EGR

requirement depends on fuel, compression ratio, injection timings and intake

pressure used for PPC combustion. The EGR rate shown in Fig. 5.10 is for injection

strategy (two direct injection per cycle) developed in reference [13].

The RCCI combustion engine requires relatively lower EGR rate because the

combustion rate is controlled by varying the reactivity of charge by using two fuels

with significantly different reactivity. Figure 5.11 shows the IMEP achieved with

two different EGR flow rates at fixed premixing ratio of 85%. Figure 5.11 depicts

that more than 12 bar IMEP can be achieved with 35% EGR flow rate, while around

50% EGR rate is required in PPC combustion for the same IMEP (Fig. 5.10).

Typically, in the optimized RCCI operation conditions require the EGR assistance,

particularly at higher engine load to control the pressure rise rate, and up to 50%

may be required depending on engine load and fuel.

5.1.3 Variable Valve Actuation

Variable valve actuation (VVA) offers a very fast method of varying the breathing

process of the engine. In variable valve actuation strategy, mainly variable valve

timing (VVT) and/or variable valve lift (VVL) is used to (i) control the residual

gases in the cylinder and (ii) vary the effective compression ratio of the engine.

Compression ratio control can be achieved over a wide range of HCCI operating

conditions as the compression ratio strongly affects the combustion phasing. The

HCCI engine has typically higher compression ratio and can obtain lower

Fig. 5.11 IMEP as a function of direct injection fuel mass (at fixed premixed ratio 85%) in RCCI

engine for two EGR flow rates (Adapted from [27])
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compression ratios by delaying the IVC during the compression stroke. For HCCI

control purposes, two major methodologies, residual gas control and effective

compression ratio control, are used very often [6]. A fully flexible VVA also offers

the advantage of changing the temperature and composition of charge by

rebreathing the residual gases from the previous cycle into the cylinder. With a

full VVA system, the timing for the IVO, IVC, exhaust valve opening (EVO) and

EVC can be changed to any desired timings [10].

Effect of different VVA strategies is investigated in premixed diesel combustion

for their performance and cost/complexity [28]. Study compared several configu-

rations such as VVTe (variable valve timing exhaust), VVTei (variable valve

timing exhaust and intake), VVLei (variable valve lift exhaust and intake), DEe

(double event of exhaust valves during intake phase) and SEe (single event of

exhaust valve during intake phase) using VVA in premixed diesel combustion

(Fig. 5.12). First three strategies (VVTe, VVTei and VVLei) are exhaust

recompression strategy, and last two (DEe and SEe) are exhaust reinduction

strategy to control the residual gases in the cylinder. In VVTe configuration, only

the timing of exhaust valve is advanced while maintaining the same lift and

duration, to trap the residual gases. In case of VVTei, valve timing is adjusted for

both intake and exhaust valve symmetrically. In case of VVLei, IVC and EVO

timings are kept fixed, while IVO and EVC timings are adjusted along with valve

lifts. Reduction in effective compression ratio is avoided by keeping the fixed

timing of IVC. Fixed EVO timing remove very early opening of the exhaust

valve, which avoids the reduction in the expansion phase of the engine cycle.

SEe and DEe are the two configurations used for reinduction of exhaust gases in

Fig. 5.12 Trade-off effectiveness/cost at very low load for different VVA strategies [28]
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the cylinder by reopening of single and both (double) exhaust valves, respectively,

during the intake stroke of the engine cycle [28].

Utilization of internal EGR reduces the CO and HC emissions at lower engine

loads by increasing the charge temperature. Figure 5.12 compares different VVA

configurations with respect to effectiveness in reducing HC emissions versus

increase in indicated specific fuel consumption (ISFC) along with cost/complexity

of the system with reference to fixed valve actuation (commercial configuration).

The VVTe configuration is effective in decreasing HC emissions (50%) and

relatively lower complexity, but it increases the ISFC (>15%) because of the

early opening of exhaust valve leading to reduction in expansion work. The

VVTei is slightly better in ISFC but relatively lower HC reduction in this strategy.

In case of reinduction strategy, there is no reduction in the expansion phase. The

double event of exhaust (DEe) during intake appears to provide the best trade-off

between reduction in HC emission, ISFC increase and cost of the tested configura-

tion [28]. A more complete discussion can be found in the original study.

Technological limitations of air path (compressor behaviour at the high-pressure

ratio and low airflow, EGR rate vs. turbine energy, EGR cooling capacity and

circuit permeability) and combustion limitation (torque reserve at high equivalence

ratio, particulate emissions and combustion noise) limit the engine load range of

highly premixed combustion [28]. Compression ratio of engine affects the charge

temperature, and thus, NOx and noise emissions are higher at the higher compres-

sion ratio. Reduction in compression ratio leads to increase in engine load range.

The effective compression ratio can be reduced by varying the IVC timings because

effective compression ratio of the engine is directly related to the cylinder volume

at IVC. The compression affects only the cylinder volume at IVC and not the entire

engine displacement volume. Figure 5.13 shows the summary of trade-off observed

in reduction of effective compression ratio using VVA by presenting positive as

well as negative impacts.

The reduction in effective compression ratio must have a positive effect on NOx

emission due to decrease in pressure and temperature in the engine cylinder.

However, a major effect is the decrease in volumetric efficiency resulting into

decrease in EGR rate at particular intake pressure and equivalence ratio, which

leads to higher NOx. Similar trade-off is observed for smoke emissions. Reduction

in compression ratio increases the ignition delay thus more premixed combustion

leads to reduction in smoke, while decrease in the volumetric efficiency produces

opposite result. In case of HC and CO emissions, the combustion temperature

increase leads to decrease in these emissions but the lower effective compression

ratio also lower the charge temperature during injection phase leading to lower

vaporization, which creates a negative effect.

Different types of VVA technologies are used in the engine such as cam phasing,

piezoelectric, hydraulic, permanent magnet, electromagnetic and thier combina-

tions [29]. A summary of the main advantages and disadvantages of different VVA

technologies are provided in Table 5.1. A more complete discussion can be found

in the original study [29].
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5.1.4 Variable Compression Ratio

Compression ratio has very strong influence on intake temperature requirement for

control of combustion timings in HCCI combustion engine. The variable compres-

sion ratio (VCR) can be used to control combustion timings by varying the

compression ratio, which leads to variation in the charge temperature after com-

pression. The fuel–air mixture auto-ignites at early crank angle position at a higher

compression ratio due to higher charge temperature. VCR can be achieved by

Table 5.1 Advantages and disadvantages of different VVA technologies [29]

Technology Advantages Disadvantages

Cam phasing Reliability; variable valve

lift

Cycle-by-cycle actuation only at low engine

speed

Piezoelectric Fully variable timing Small displacements; complicated control

Hydraulic Fully variable timing; soft

landing; variable valve lift

Space requirements; temperature sensitivity;

precise/expensive valves; high-power

consumption

Permanent

magnet and

motors

Fully variable timing Low force generation; weight; low valve speeds

Electromagnetic Fully variable timing;

space requirements

Additional electronics; soft landing needed;

weight

Fig. 5.13 Summary of trade-off observed in reduction of effectivecompression ratio usingVVAstrat-

egy [28]
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several methods. One method is to tilt the upper part of the engine block, the mono

head. A hydraulic motor, controlled by an electronic valve turns the eccentric

shaft that changes the engine configuration to vary the compression ratio

[30]. Another method is to mount a plunger in the cylinder head whose position

can be varied to change the compression ratio [31]. The main drawback of VCR

system is that it presently does not allow individual cylinder control that is

necessary to obtain good combustion timing control. The VCR systems are also

expensive and complex [10].

The compression ratio is a key structural parameter that affects the engine

efficiency. The LTC engine has typically higher efficiency, and relatively lower

compression ratio is used to increase the load range of LTC engine (see Figs. 5.5

and 5.10). In order to extend the engine operating load, a RCCI engine is optimized

at a very low compression ratio of 11.7 [32]. Another RCCI combustion study

investigated two different compression ratios of 14 and 17 at different engine

speeds [33]. At lower compression ratio, NOx emission reduced and unburned

hydrocarbon emissions are increased in RCCI engine. At compression ratio 14, lon-

ger ignition delay, combustion duration and also lower maximum HRR are

achieved. Therefore, compression ratio 14 is preferred at high load due to the

limitation on peak pressure rise rate of the engine [33, 34]. A study also investigated

the RCCI combustion by varying effective compression ratio by changing IVC

timings [35]. The shape of heat release curve varies with IVC timings. The IVC

timings can be optimized depending on fuel injection timings and fuel premixing

ratio at particular engine speed and load conditions.

5.1.5 Water Injection

HCCI combustion control has been demonstrated using water injection. Water

injection in the port is investigated in HCCI engine, and study indicated that

evaporative cooling in the intake manifold (particularly at higher intake tempera-

tures) offers the control of ignition timings by controlling the intake valve closing

temperature [36]. The study confirmed that it is possible to control the ignition

timing in a range of engine operating conditions with the use of water injection but

at price of an increase in the already higher emissions of unburned hydrocarbons

and carbon monoxide. Atomization, vaporization and distribution of injected water

are the key parameters for system optimization [37].

A study used water injection to control diesel HCCI combustion timing and

demonstrated that water injection could reduce the heat release rate significantly

[38]. Direct water injection (using diesel fuel injector) is used to extend the load

range of premixed compression ignition [39]. The study showed that the combus-

tion suppression effect increases with increase in water injection quantity, and

excessive water injection leads to higher THC emission along with lower thermal

efficiency. Although the reaction suppressing effect of water injection enhances

with advanced timings, an optimum water injection timing occurs. With more
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advanced timings, water vaporization is delayed, which decreases the reaction

suppressing effect. Thus, amount of water injection must be limited to the minimum

required for sufficient suppression of oxidation reactions at excessively advanced

combustion timings [23].

A new strategy called thermally stratified compression ignition (TSCI) is pro-

posed to artificially create the thermal stratification in the cylinder. In this combus-

tion mode, water is directly injected in the cylinder to control the mean temperature

along with temperature distribution in the cylinder, which offers cycle-to-cycle

control of start of the combustion and HRR in premixed compression ignition

[40]. More detailed description of TSCI strategy is provided in Sect. 2.4 of Chap. 2.

5.1.6 Boosting

Boosting (increasing intake air pressure) is considered as an effective technique to

increase the engine operating load and extend the operational range of air–fuel ratio

in HCCI combustion mode. However, boosting is accompanied by a higher peak

cylinder pressure, which may lead to reach peak pressure limit of the engine. Higher

intake pressure can enable an increase of the overall dilution of fuel–air mixture and

affect the combustion characteristics through chemical effects related to the higher

pressure of combustion chamber. At particular fuelling rate, relatively larger

amount of inducted mass at higher intake pressure leads to higher level of charge

dilution leads to reduction in pressure rise rates in HCCI combustion. For a fixed

pressure rise rate limit, relatively higher amount of fuel can be burned in the

cylinder and thus the maximum load limit increases via intake boosting. The higher

load limit achieved in different LTC strategies is discussed in Sect. 7.1.2 of Chap. 7.

A very higher intake pressure (up to 3.6 bar) is required to achieve HCCI engine

operating load (IMEP ~ 20 bar) comparable to conventional engines (Fig. 7.6 of

Chap. 7). Figure 5.14 illustrates the intake pressure requirement as a function of

engine load in PPC strategy at two different compression ratios. The figure depicts

that very high intake pressure (~3.6 bar) is required at higher engine load. This level

of intake boost is not practical with current turbochargers installed on marketed

engines. Thus, boost requirement needs to be reduced by further research. Fig-

ure 5.14 also demonstrates that at relatively lower compression ratio, higher engine

load can be achieved in PPC engine.

Turbocharger/supercharger providing the intake boost pressure needs to be

adequately sized and matched to the requirements of LTC engine to achieve

particular engine load and efficiency. Recent studies [41, 42] demonstrated the

partial fuel stratification method to reduce the boost pressure requirement in low

temperature gasoline combustion (LTGC) engines. Different direct injection strat-

egies can be utilized to create the fuel stratification, which reduces the boost to load

ratio in LTC engines [41, 42].
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5.1.7 In-Cylinder Injection Strategies

The local charge temperature and the air–fuel ratio are the key parameters control-

ling the initiation of HCCI combustion process. The direct injection of fuel into the

cylinder provides the potential to control the combustion process by altering the

local fuel concentration by varying the injection timings. The gas temperature is

also altered through the charge cooling from fuel evaporation. Early fuel injection

timings provide sufficient time for fuel vaporization and mixing with the air to

create a premixed fuel–air mixture. The late pilot injection in the cylinder during

compression stroke can control the combustion phasing by creating fuel stratifica-

tion (increasing the local fuel concentration in some regions) in the cylinder

[23]. Additionally, rich mixture decreases the ratio of specific heat and thus amount

of disposable compression heating in the charge. Consequently mixture has to be

further compressed to reach the autoignition temperature. The capability of split

injection can combine these two functions.

Figure 5.15 illustrates the consecutive flame images of the gasoline auto-ignition

by single and double injections (at three pilot injection timings of �20, �16 and

�12 aTDC) with fixed main injection timing at TDC and fuel injection pressure at

400 bar, intake pressure 1.4 bar at 1200 rpm. Heat release rate and the normalized

spatially integrated natural luminosity (SINL) are shown to investigate the corre-

lation between the two (Fig. 5.15b). The natural luminosity of a flame generally

consists of the chemiluminescence (emitted from the electronically excited gaseous

species including CH, C2 and formaldehyde) and the soot incandescence [43]. Fig-

ure 5.15 depicts that the single injection gasoline compression ignition (GCI) has a

Fig. 5.14 Absolute inlet pressure as a function of engine load and fuel type in PPC engine for

different compression ratios (Adapted from [13, 14])
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weak natural luminosity by the chemiluminescence from the premixed flame, while

the double injection GCIs showed a strong natural luminosity similar to the diesel-

like diffusion flame of the main injection by the soot incandescence. Double fuel

injection creates a relatively more stratified charge in the cylinder leading to higher

soot formation. Figure 5.15 also depicts that double injection strategy reduces the

heat release rate of GCI combustion.

Fuel injection timings and number of injection govern the fuel stratification in

the combustion chamber and thus heat release rate in LTC combustion. In case of

diesel-like fuels, typically direct fuel injection strategy is used to achieve premixed

diesel combustion. However, both port and direct fuel injection strategies are

used in gasoline premixed compression ignition engines. Detailed charge prepara-

tion strategies using gasoline and diesel are discussed in Chap. 4. Comparison of

fuel injection strategies in different LTC modes is provided in Figs. 4.12 and 4.20

(Chap. 4).

Fig. 5.15 Natural flame luminosity and heat release rate in gasoline combustion with single and

double injection at 1200 rpm with total fuel injection quantity of 20 mg/stroke [43]

5.1 Altering Time Temperature History 215



5.2 Altering Fuel Reactivity

Altering reactivity (autoignition characteristics) of fuel–air mixture is another

strategy to control the combustion rate and combustion phasing in LTC engines.

Mixture autoignition properties are affected by fuel types, fuel concentration,

blending of two or more fuels, fuel additives, residual rate and residual reactivity,

boosting etc. In this section, LTC controlled by altering the fuel reactivity using

different strategies is presented.

5.2.1 Fuel–Air Equivalence Ratio

The amount of fuel burned in the cylinder mainly control by the power required

from HCCI engine. In HCCI engine, throttle is not used to control the inducted air

quantity therefore changing the quantity of fuel at different engine loads leads to

change in equivalence ratio. Influence of equivalence ratio on HCCI combustion is

discussed in Sect. 2.2.4.1 of Chap. 2. Higher equivalence ratio (richer mixture)

advances the combustion phasing at fixed inlet conditions. Overall fuel–air equiv-

alence ratio (Φ) of inducted charge governs the engine load in LTC engines. The

Φ-sensitivity (autoignition reactivity) of charge also depends on intake boost

pressure of engine (see Fig. 2.15 of Chap. 2). For example, gasoline is less sensitive

fuel at naturally aspirated conditions, and fuel reactivity changes at higher intake

pressure. With Φ-sensitive fuels, stratification of fuel can be used to increase the

engine operating load for fixed pressure rise rate limits. Several LTC strategies such

as PFS HCCI, PPC and RCCI uses fuel stratification in the cylinder by using direct

fuel injection. Internal charge preparation in these LTC strategies is described in

Sect. 4.2 of Chap. 4.

5.2.2 In-Cylinder Fuel Stratification

Fuel stratification in the cylinder is created by direct injection of fuel. Fuel

stratification is one of the main methods to control the combustion rate by increas-

ing the combustion duration. Fuel stratification is typically used to increase the

engine operating load of LTC engines (see Sect. 7.1.2 of Chap. 7). A recent study

demonstrated the direct injection of gasoline (by dual pulse) increases the thermal

efficiency of partially stratified HCCI combustion [42]. PPC combustion also

creates heavy stratification in the cylinder by using fuel injection system of diesel

engine for gasoline-like fuels. In RCCI combustion, fuel stratification as well as

reactivity stratification is created in the engine cylinder. Fuel injection strategy is an

important variable among many factors in improving the performance of LTC

engines. In RCCI combustion, injection strategy (number of pulse and fuel injection
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timing) affects the fuel and reactivity stratification in the cylinder. The number of

fuel injection pulses in the injection strategy can affect the high reactivity fuel

distribution and consequently shape the reactivity distribution in the combustion

chamber. Single, double and triple fuel injection pulses have been investigated in

different RCCI studies [34]. Fuel injection timing of high reactivity fuel is most

important variable which affects the mixing process of fuel spray with mixture of

air and low reactivity fuels. This mixing defines the reactivity distribution in the

cylinder which affects the combustion characteristics in RCCI engine. Early injec-

tion of high reactivity fuel leads the combustion more prone to reactivity controlled,

and relatively late injection results in combustion more similar to mixing/diffusion

controlled. In direct injection dual fuel stratification (DDFS) strategy, both the high

and low reactivity fuels are directly injected into the cylinder to create the stratified

charge in the cylinder. Fuel injection strategies of different LTC modes with

different stratification levels are presented in Fig. 4.20 (Chap. 4).

5.2.3 Dual Fuel

Fuel autoignition property variation can be used as a method for HCCI combustion

control. The combustion phasing can be controlled by varying the fuel properties,

and thus operating range can also be expanded. A study investigated the effect of

fuel properties on low and high temperature heat release of HCCI combustion and

its performance [44]. Fuel composition affects the low temperature heat release

(LTHR) and high temperature heat release (HTHR) values. The effect of LTHR on

HCCI combustion is discussed in Chap. 2. Fuel stratification in the cylinder leads to

retarded combustion phasing, and it provides an additional actuator for HCCI

combustion control [45]. However, very large stratification may lead to unstable

combustion.

Dual fuel method can be used to actively vary the fuel octane number. The idea

of using dual fuels is to use two fuels with different auto-ignition reactivity. The

dual fuel system has a main fuel with a high octane number and a secondary fuel

with low octane number (high cetane number) [46, 47]. This feature can then be

used to control the combustion phasing in HCCI as blending the two fuels at

different fuel ratio changes the auto ignition properties. Injection of low octane

fuel in higher quantity leads to earlier autoignition in the cylinder. For advanced

combustion phasing, the secondary fuel quantity is increased. For individual cyl-

inder control of the combustion phasing, each cylinder must have two injectors for

two different reactivity fuels. The benefit with dual fuels operation is that it pro-

vides an accurate control without any large engine modifications and cost. Only

additional injectors are required. One demerit of this system is the requirement of

two fuel tanks and its refuelling. However, secondary fuel consumption is very low

and could be refuelled only in the maintenance intervals [10]. Typically, this system

is demonstrated with fuel injection in the port by external blending of the fuels.
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The RCCI combustion is another strategy, where in-cylinder blending of two

different reactivity fuels occurs. With in-cylinder blending of fuels, fuel stratifica-

tion as well as reactivity stratification can be controlled in this strategy. Fuel ratio of

low and high reactivity fuel is one of the variables that affect the reactivity

stratification in the combustion chamber. Reactivity in the cylinder can be varied

by changing the fuel ratio, and consequently it affects the ignition delay. Ignition

delay affects the mixing time of fuel and thus homogeneity of the charge in the

cylinder. The low reactivity fuel ratio up to 90% is used in RCCI engines, and most

of the studies showed that combustion phasing is retarded with the increase of low

reactivity fuel. This is because the blending of low reactivity fuel increases the

ignition delay and consequently retarding the combustion phasing [34].

5.2.4 Fuel Additives

Selection of appropriate fuel is a key aspect of LTC engine design and develop-

ment. Autoignition characteristics and fuel volatility are the key variables in the

fuel selection. In order to easily create premixed charge, fuel needs to have high

volatility characteristics. Chemically, single-stage heat release fuels have lower

sensitivity to variations in engine load and speed. Lower sensitivity to variations

makes the requirements on HCCI control system easier over a wide range of

operating conditions. To achieve high fuel conversion efficiency, fuel autoignition

temperature is critical parameter for selection of an optimum geometrical compres-

sion ratio of the engine [23]. Required fuel in HCCI combustion needs to satisfy the

requirements over wide range of engine loads (low to high load). At lower engine

loads, low octane fuel is required to facilitate the autoignition, while at higher

engine loads relatively higher octane fuel is required to avoid the knocking during

combustion. This opposing requirement leads to difficulty in HCCI engine devel-

opment, and there exists no universal fuel that satisfies the specific requirement of

HCCI combustion engine. The optimal fuel selection is influenced by the combus-

tion control strategies used in LTC engine and engine operating conditions. Thus,

LTC engines can be operated on any fuel, but adaptation is required either fuel to

specific engine design or engine to a specific fuel or even a specific engine operating

condition [23].

Autoignition in HCCI combustion is mainly controlled by chemical kinetics,

which is sensitive to several parameters including fuel properties, oxygen and EGR

concentration, charge temperature and inlet pressure. In naturally aspirated condi-

tions, even though HCCI combustion can be achieved using regular gasoline, a high

intake temperature or high amount of hot residual gas is required for autoignition

because of low autoignition reactivity of gasoline [1, 48, 49]. Due to high intake

temperature requirements, charge densities are much lower, which limits the high

load HCCI engine operation. This problem can be significantly reduced by using

low octane gasoline in HCCI engine [50]. Furthermore, the combustion phasing can

be retarded farther with good stability for a more reactive fuel, which allows higher
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charge mass fuel–air equivalence ratio (ϕm) operation without combustion knock.

This leads to significant increase in higher engine load limit of HCCI combustion.

Even though low octane gasoline is more suitable for naturally aspirated HCCI

engines, these fuels are not readily available in the market. Moreover, the high

reactivity of low octane gasoline can turn into a difficulty for intake-boosted

operation due to very high reactivity above particular boost level. To avoid the

knocking in this condition, large amount of EGR is required, and maximum load

can become limited by a lack of oxygen at higher engine load operation [50]. To

meet the fuel requirements in HCCI combustion, several fuel additives are added to

regular low reactivity fuels. Fuel additives used in HCCI combustion include

2-ethylhexyl nitrate (EHN), di-tertiary butyl peroxide (DTBP), hydrogen (H2),

hydrogen peroxide (H2O2), formaldehyde (CH2O) and ozone (O3) [49, 51–56]. A

study showed that hydrogen addition in DME (dimethyl ether) fuelled HCCI

combustion could mitigates low temperature reactions and delay its occurrence

by consuming OH radicals. Induction of hydrogen intensifies high temperature

reaction of DME, and oxidation reaction process becomes fast due to the active

nature of hydrogen in high temperature oxidation. Due to reduced low temperature

reactions, high temperature reactions of DME is also retarded by hydrogen

addition [53].

The EHN and DTBP are typically used to improve the cetane number (CN) of

diesel fuels. These additives are also used to enhance the autoignition of gasoline-

like fuels in HCCI combustion [49, 51]. Figure 5.16 illustrates the effect of addition

of EHN and DTBP on intake temperature requirement in HCCI combustion engine.

Figure 5.16a depicts the intake temperature requirement decreases with increase in

concentration of additives to maintain same start of combustion (CA10) position.

Typically, high intake temperature (Tin � 140 �C) is required for fuels with low

HCCI reactivity, such as regular gasoline and E10 at naturally aspirated engine

operating conditions. By adding small amount of EHN (0.15%) or DTBP (0.35%),

the tin drops drastically from 144 �C to 95 �C, and it can be further reduced to 60 �C
using 0.4% EHN (Fig. 5.16a). The figure also shows that, DTBP has a smaller effect

on Tin compared with EHN for a particular addition percentage. Furthermore, a

nonlinear decrease in Tin is found for both EHN and DTBP that means the decrease

of Tin is greater at low additive concentration (<0.25%) and the effect becomes

more moderate as the additive percentage increases [49]. At higher intake pressure

reactivity is higher at even lower addition percentage. Figure 5.16b illustrates the

dependence of combustion (CA50) on intake temperature for different concentra-

tions of DTBP in 25% DEE-ethanol blends and ethanol. Figure 5.16b depicts that

intake temperature requirement reduces at given combustion phasing with increase

in DTBP concentration.

Figure 5.17a illustrates the effect of EHN on heat release rate (HRR) at low and

intermediate temperature range at constant CA10 (366� CA) position. The HRR

curves have been normalized by the total amount of detected heat release (THR) in

order to eliminate differences between HRR curve caused solely by a difference in

the total amount of fuel injected per cycle as Tin is varied. The figure depicts that

low temperature heat release is significantly enhanced by increased additive
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concentration, which leads to reduction in intake temperature requirements.

Figure 5.17b shows the ϕ-sensitivity of E10 with 0.4% EHN additive. ϕ-sensitivity
is an important parameter in applying partial fuel stratification because it allows the

autoignition to occur sequentially down the equivalence ratio gradient, which

reduces the HRR by increasing the combustion duration [49]. Figure 5.17b shows

that addition of EHN significantly increases the ϕ-sensitivity of E10 at even lower

Fig. 5.16 (a) Intake temperature requirement as function of additive concentration at different

intake pressure in HCCI combustion (Adapted from [49]), and (b) effect of DTBP addition to

ethanol and ethanol-DEE blends on dependence between intake temperature and combustion

phasing in HCCI combustion (Adapted from [51])
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intake pressure, where E10 is not φ-sensitive without additives. Addition of EHN

produces the effect similar to ϕ-sensitivity of gasoline at 2.0 bar intake pressure. It

is expected that partial fuel stratification will work well for EHN additive added

fuels to improve the thermal efficiency of the engine. Increasing the intake boost

pressure also enhances the autoignition. Gasoline having additives can become very

reactive as boost level is increased, requiring a large amount of EGR to prevent

Fig. 5.17 (a) Effect of EHN on heat release rate at low and intermediate temperature range, and

(b) ϕ-sensitivity of CCG-E10 with 0.4% EHN additive in HCCI engine (Adapted from [49, 57])
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overly advanced autoignition timings. These high EGR levels reduce the amount of

oxygen in the charge, and the maximum load can become limited by oxygen

availability before it reaches the knock/stability limit [49].

The reactivity of the charge can be modified by injecting oxidizing species such

as nitric oxide (NO), nitrogen oxide (NO2) and ozone (O3) in the intake manifold.

Figure 5.18 shows the cylinder pressure and HRR variations by injecting 20 ppm of

NO, NO2 and O3 species in HCCI combustion. NO and NO2 are the species that can

even present in EGR operated HCCI combustion. These species can advance the

combustion phasing of HCCI combustion (see Fig. 6.29a in Chap. 6). Figure 5.18

also depicts that all NO, NO2 and O3 species advances the combustion phasing of

HCCI combustion and ozone is the most potent oxidizer.

A new strategy to control HCCI combustion is evolved, which is dominated by

chemical kinetics, use oxidizing chemical species to initiate fuel oxidation. Ozone

Fig. 5.18 Cylinder pressure and HRR variations with 20 ppm injection of NO, NO2 and O3

species in HCCI combustion [58]
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seems to be one of the most promising species. Present development of increasingly

smaller ozonizers may lead to their installation on vehicles. This kind of ozonizer in

HCCI engine can be used to control combustion phasing and promote HCCI engine

application in future vehicles similar to conventional engines [56]. It is proposed to

use ozone as oxidizer to modify the molecular structure of the fuel and to control the

combustion timing inside the cylinder or to seed the intake of engines with some

few ppm of ozone in order to enhance HCCI combustion [56, 59].

Figure 5.19 shows the combustion phasing as function of intake ozone concen-

tration for different fuels and different intake temperature using iso-octane in HCCI

combustion. The figure depicts that combustion phasing is advanced with increase

of ozone concentration for all studied fuels and intake temperatures. Ethanol blends

require higher ozone concentration than gasoline to maintain the same combustion

phasing due to lower reactivity (higher octane number) of ethanol. The slope of the

curves can be interpreted as the ozone seeding sensitivity, and a steeper slope

corresponds to a higher sensitivity. Late combustion phasing at lower intake

temperatures and lower ozone concentrations is limited around 7� aTDC or by

unstable combustion or misfire (Fig. 5.19).

Fig. 5.19 Combustion

phasing as function of

intake ozone concentration

for (a) different fuels

(Adapted from [55]), and

(b) different intake

temperature using

iso-octane (Adapted from

[56]) in HCCI combustion
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Figure 5.19b depicts that at 180 �C inlet temperature, less than 20 ppm of ozone

is sufficient to vary the CA50 by 6 CAD and for the same combustion phasing

variation around 120 ppm of ozone is required at 100 �C intake temperature. The

decrease in the inlet temperature slows down ozone decomposition because the

decomposition of ozone is strongly affected by temperature. Therefore, there are

fewer O-atoms formed and oxidation of the fuel by ozone is reduced. This explains

the high amount of ozone seeding in the intake manifold is necessary for

maintaining the same CA50. The sensitivity of the CA50 is reduced at lower intake

temperatures [56]. Figure 5.19b also illustrates the intake temperature reduction

potential of ozone. The study showed that with sufficient ozone concentration, the

cool flame occurs even in the case of iso-octane HCCI combustion [56]. Low

temperature heat release is also observed in small quantities for the gasoline and

E20 fuels at the lower intake temperatures, and it increases with increase in ozone

addition [55]. Increase in low temperature heat release results into lower intake

temperature requirement in HCCI combustion.
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Chapter 6

Combustion Characteristics

Abstract Combustion characteristics of an engine determine its performance and

emission characteristics. This chapter presents the combustion characteristic of

LTC engines using different gasoline-like fuels (ethanol and methanol) vis-�a-vis
conventional fuels. First, combustion kinetics of ethanol and methanol in premixed

charge compression ignition engine is discussed using reaction pathway and sensi-

tivity analysis. Combustion kinetics in LTC engine using hydrocarbon fuels is

discussed in Chap. 2. Ignition and heat release characteristics of LTC combustion

process are described by analysis of ignition delay, in-cylinder pressure, pressure

rise rate, ringing intensity, heat release rate, start of combustion, combustion

phasing, combustion duration and combustion efficiency. Effect of different engine

operating conditions on combustion characteristics of ethanol and methanol

vis-�a-vis conventional fuels in HCCI, PPC and RCCI combustion is discussed in the

present chapter. Combustion stability and cyclic variation analysis of combustion

parameters using statistical and nonlinear dynamic methods are also discussed in

the last section of this chapter.

Keywords Combustion • Heat release rate • LTC • HCCI • PPC • RCCI • Ignition •

Pressure rise rate • Cyclic variability • Knocking • Ringing • Gasoline • Ethanol •

Methanol

6.1 Ignition Characteristics

6.1.1 Chemical Kinetics

In premixed charge compression ignition process, combustion rate is governed

mainly by chemical kinetics (Sect. 2.2.2, Chap. 2). All the low temperature com-

bustion (LTC) strategies are mostly kinetically controlled. The LTC process is

primarily determined by autoignition chemistry (discussed in Chap. 3). In LTC

engines, combustion starts by spontaneous auto-ignition of the fuel–air mixture

because of the increase in pressure and temperature in the cylinder from compres-

sion work by piston. Auto-ignition process is mainly controlled by some important

radical species such as H, OH, HO2 and the more stable H2O2. The species H2O2

© Springer International Publishing AG 2018
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and HO2 are associated with low temperature heat release (LTHR) process

(described in Chap. 2). These radicals increase slowly as the engine cycle pro-

gresses and reach to a maximum point close to main combustion event [1]. Reac-

tions involved in single- and two-stage heat release are already discussed for

hydrocarbon fuels (Sect. 2.2.2 of Chap. 2). In this section, main reactions involved

with combustion of ethanol and methanol are discussed for completeness as com-

bustion characteristics of ethanol and methanol along with conventional hydrocar-

bon fuel are discussed in this book.

Ethanol is the most widely used alcohol in internal combustion engines. Ethanol

is used as a neat fuel as well as an octane enhancer and oxygenate in gasoline.

Ethanol is also used in various LTC strategies to extend the operating range and

reduce the emissions. The combustion chemistry of alcohols is investigated in detail

to understand the ignition characteristics in combustion engines [2]. The general

reaction path diagram of ethanol combustion is presented in Fig. 6.1. The low

temperature pathways are presented in green colour.

Ethanol oxidation starts with hydrogen abstraction reactions by OH, HO2 and H

radicals (denoted as R). At higher combustion temperatures, these radicals undergo

β-scission wherein C–C and C–O bonds are favoured, leading to the formation of

stable intermediates, including acetaldehyde, formaldehyde and ethylene. The

intermediate acetaldehyde is mainly consumed through hydrogen abstraction

from the aldehydic carbon, and the consequent radical then decomposes to form

CO. Another minor pathway of acetaldehyde decomposition continues through

abstraction from the methyl group resulting into ketene formation [2]. At low

temperatures (i.e. below 1000 K), the α- and β-hydroxyethyl radicals can form
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Fig. 6.1 Reaction path diagram for ethanol combustion. R indicates OH, HO2 and H radicals in

the diagram [2]
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intermediate species by reacting with O2. The α-hydroxyethyl radical mainly pro-

duces acetaldehyde and HO2 radical. These reactions govern the low temperature

ignition characteristics of ethanol–air mixtures, particularly at higher combustion

pressures. The low energy barrier for the chemically activated α-hydroxyethylþO2

route prevents conventional peroxy stabilization and isomerization routes, which

eventually lead to chain branching processes in alkanes (e.g. ethane, propane, etc.)

[2, 3]. The β-hydroxyethyl routes are of lower significance in combustion systems

because initial hydrogen abstraction reactions by OH radicals strongly prefer

α-carbon site at lower temperatures. The lack of low temperature reactivity in

ethanol combustion is due to lack of an OH radical chain branching route [2].

A study developed reduced reaction mechanism for neat ethanol HCCI combus-

tion and performed sensitivity analysis to determine the most important reactions in

ethanol HCCI combustion [4]. The study conducted sensitivity analysis to quantify

the sensitivities of reactions for different combustion parameters such as start of

combustion (CA10), maximum cylinder temperature, peak pressure rise rate and

combustion duration (CA90�10). Normalized sensitivity coefficients are estimated

for every parameter, and the reactions having higher sensitivity coefficients are

recognized as highly sensitive reaction to the corresponding parameter. Consider-

ing the high sensitivity reactions (in all combustion parameters) as the important

reactions for ethanol combustion, important reaction in ethanol oxidation in HCCI

combustion is presented in Appendix 1 (Table A1) along with their kinetic param-

eters. Sensitivity analysis showed that HO2 þ C2H5OH [¼] H2O2 þ CH3CHOH is

the most sensitive reaction in ethanol HCCI combustion [4]. This observation

confirms that composition and decomposition of the intermediate species hydrogen

peroxide (H2O2) and hydroperoxyl radical (HO2) plays an important role in HCCI

combustion process. Sensitivity of oxidation reactions is also dependent on quality

of air–fuel mixture (equivalence ratio (φ) or relative air–fuel ratio (λ)). Figure 6.2
presents the variations of normalized sensitivity coefficients for CA10 at different λ.
The figure shows that leanest mixture (λ¼ 6) has the highest normalized sensitivity

coefficients followed by λ ¼ 4 and 2 for most of the reactions. This shows that

leaner fuel has higher sensitivity of the reactions toward start of combustion due to

comparatively lower combustion temperature at lean engine operating conditions.

Thus, leaner engine operating conditions have higher chances of misfire and limit

the lower engine load of HCCI engine.

In naturally aspirated HCCI combustion, neat ethanol exhibits single-stage heat

release, i.e. only high temperature heat release (HTHR) [5]. The LTHR depends on

both fuel and engine operating conditions. The LTHR characteristics typically

observed at higher intake pressure and lower engine speeds (Sects. 2.2.4.1 and

2.2.4.4 of Chap. 2). In HCCI combustion, gasoline exhibits single-stage heat release

(only HTHR) at lower intake pressures and moderate engine speeds. At higher

intake pressure (boosted engine operation), gasoline starts showing LTHR. Ethanol

addition to gasoline (gasoline–ethanol blends) increases the required intake pres-

sure, where gasoline starts exhibiting LTHR. Ethanol in gasoline blend acts as a

radical sink and leads to both delaying ignition and reducing LTHR magnitude

[6]. Another study showed that intermediate temperature heat release (ITHR) can
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be introduced in fuels not exhibiting ITHR (such as ethanol) by adding highly

reactive fuel (such as n-heptane) that shows LTHR [7]. At higher intake pressures, it

is found that ITHR is governed by both ethanol and n-heptane oxidation reactions in

HCCI combustion (Fig. 2.10).

Methanol is the shortest chain alcohol, and its combustion mechanism offers a

basis for the combustion of larger alcohols. The recombination of methyl and

hydroxyl radicals leads to the formation of methanol during hydrocarbon combus-

tion, and several intermediate species important to methane combustion

(e.g. CH2O, CH3O, CH2OH and HCO) are also relevant to methanol combustion

[2]. Figure 6.3 presents the general reaction path diagram for methanol combustion.

The relative importance of the different pathways varies with temperature and

stoichiometry [8]. Methanol decomposition starts with hydrogen abstraction by

OH, HO2 and H radicals. The branching ratio of hydrogen abstraction by OH

radical is strongly favourable to the production of CH2OH with CH3O being a

minor route. Formaldehyde formation takes place by both these radical intermedi-

ates, and it controls the reactivity of the system. Hydrogen abstraction from

formaldehyde (HCHO) creates formyl (HCO) radical, eventually resulting into

the formation of CO and CO2 via the sequence CH2O ! HCO ! CO ! CO2

[2, 8]. Another study also indicated that methanol is unreactive below 800 K

temperature and no intermediate or product species are formed. Above 800 K

combustion temperature, methanol starts reacting to produce formaldehyde that

subsequently oxidized to form CO and later CO2 [2, 9].

Fig. 6.2 Variations of CA10 sensitivity of ethanol oxidation reactions at different λ in HCCI

combustion [4]
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Figure 6.4 depicts a sensitivity analysis for the ignition delay for methanol in

rapid compression machine (RCM). The highest negative sensitivity coefficients

(promoting ignition) are found for CH3OH þ HO2 $CH2OH þ H2O2,

CH3OH þ O2$CH2OH þ HO2 and H2O2(þM)$OH þ OH(þM), whereas

Fig. 6.3 Reaction path

diagram for methanol

combustion [8]

Fig. 6.4 Normalized sensitivity coefficients for the predicted ignition delay with respect to the

rate constants of the reactions for methanol at λ ¼ 1 and 4 [8]
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recombination of HO2 radicals, HO2 þ HO2$H2O2 þ O2, inhibits ignition of

methanol. Study showed that flow reactor predictions using methanol is also

sensitive to the same subset of reactions as ignition delay [8]. A more complete

and detailed discussion on combustion chemistry of alcohol can be found in

reference [2].

Most attractive feature of alcohols for utilization in internal combustion engine

applications is their auto-ignition propensity (i.e. knock resistance, octane rating).

Methanol and ethanol have higher octane number than gasoline and thus used for

improving the octane number of SI engine fuels to mitigate knocking and engine

operation at higher compression ratios. Another characteristics of alcohols is their

high octane sensitivity (S ¼ RON � MON) (for details on octane sensitivity, see

Chap. 3). This unique fuel property can have benefits in modern LTC engines and

highly boosted direct injection spark ignition engines that prefer high octane

sensitivity fuels [2, 10].

6.1.2 Ignition Temperature and Ignition Delay

All the LTC strategies are typically kinetically controlled process, and combustion

starts with autoignition of fuel–air mixture in the combustion chamber. Chemical

kinetics plays an important role in ignition characteristics and estimation of ignition

delay. Ignition delay is an important parameter that affects mixing and combustion

characteristics of fuel–air mixture in the engine cylinder. Ignition delay is affected

by several operating parameters such as intake temperature and pressure, exhaust

gas recirculation (EGR), fuel properties and fuel composition. In different LTC

strategies, ignition occurs at different pressure and temperature conditions

depending on engine operating conditions. Figure 6.5 illustrates the different

regimes of ignition process that are important for autoignition of fuel in premixed

compression ignition. The temperature region is divided into three main regions,

namely, low temperature (LT), negative temperature coefficient (NTC) region and

high temperature (HT) region, and a time scale is associated with each region

(Fig. 6.5). In NTC region, a flat or opposite trend in ignition delay is observed

with charge temperature. Reaction involved for appearance of NTC region is

discussed in Sect. 2.2.2 of Chap. 2. Figure 6.5 depicts that in the LT region (τ1)
and HT (τ3) region ignition delay trends show linear behaviour. Significant devi-

ation in ignition delay is observed only in the intermediate temperature range.

A phenomenological auto-ignition tool called “3-Arrhenius model” is used to

predict low and high temperature ignition delays of HCCI combustion processes. In

two-stage heat release conditions, the low and medium temperature reactions occur

sequentially. Therefore, they are directly added to one another. The high temper-

ature reactions lead to a parallel single-stage ignition path. This is why it is an

independent term. The overall ignition delay for the full temperature range can then

be modelled as shown in Eq. (6.1) [11, 12].
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1

τ
¼ 1

τ1 þ τ2
þ 1

τ3
ð6:1Þ

where individual time scales in different regions are estimated from an Arrhenius-

type correlation given by Eq. (6.2) [11].

τi ¼ Ai
p

pref

� �βi
Tbiexp

TA, i

T

� �
ϕγi For i ¼ 1, 3 ð6:2Þ

where Ai, βi, bi, TA,i and γi are the kinetic model parameters and φ is equivalence

ratio, which is introduced to describe φ dependency at intermediate temperature

range.

Equivalence ratio affects the ignition delay in the intermediate temperature

range and has a lower dependence in low and high temperature range. Figure 6.6

depicts the effect of equivalence ratio on ignition delay for n-heptane and ethanol.

Figure 6.6a shows that NTC behaviour is observed for richer mixture (φ ¼ 0.4),

while leaner mixture does not show the NTC regime. No φ dependence is observed

for pre-ignition delay times (shown with half open symbol) for pre-ignition hap-

pening at T < 900 K (Fig. 6.6a). Ethanol is single-stage heat release fuel; therefore,

no NTC regime is observed (Fig. 6.6b). Another study conducted on n-heptane–air

mixture also confirmed weak dependence of ignition delay on equivalence ratio

Fig. 6.5 Illustration of different regimes of ignition delay to explain overall ignition delay based

on time scales τ1,τ2 and τ3 [11]
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outside of the intermediate temperature range [14]. Thus, during engine experi-

ments, φ sensitivity can be utilized to increase the local ignition delay by concen-

tration gradient (fuel stratification) in the charge (see Sects. 2.2.4.1 and 2.2.4.5 of

Chap. 2).

Fig. 6.6 Variations of ignition delay with φ for (a) n-heptane at 50 bar [13] and (b) ethanol at

20 bar (Adapted from [4])
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Other essential parameters which affect the ignition delay in LTC engines are

pressure and EGR. The EGR is one of the important parameters used in PPC and

RCCI engines at higher load conditions. It is well known that ignition process for

several fuels can be pressure sensitive (e.g. long-chain fully saturated alkanes).

Figure 6.7 shows the effect of pressure and EGR on ignition delay for n-heptane

fuel. Figure 6.7a shows the ignition delay for second-stage heat release decreases

with increase in pressure as expected. Figure 6.7a also depicts that pressure has a

prominent effect on the ignition delay in the intermediate and subsequent high

temperature regimes. It can also be noticed that first-stage reactions mainly depend

on only temperature and not dependent on pressure (Fig. 6.7a). These observations

illustrate that fuel reactivity is likely to increase for a given mixture at higher

pressure. Another study showed that higher intake pressure has significant effect on

gasoline reactivity in the intermediate temperature range, while similar high octane

PRF fuels and ethanol do not show pressure dependency on fuel reactivity [15]. In

RCCI combustion engines, the fuel pressure sensitivity can be of more importance

at higher engine loads and efficiency conditions. High-pressure conditions typically

exist at higher engine loads. Similarly, high pressure (dilution) is often used to

reduce the emissions and increase the engine efficiency. Therefore, higher engine

load conditions may enhance pressure-sensitive fuel reactivity more than the

desired. The increased reactivity may lead to lower operational window or perfor-

mance; or engine may need to operate at comparatively lower compression

ratios [16].

At higher engine loads in LTC engines, higher amount of EGR is often used.

Ignition delay increases with increase in EGR fraction (Fig. 6.7b). Experimental

data also indicated the flattening of NTC regime with increase in EGR fraction, and

at higher EGR (e.g. 50%), NTC behaviour seems to supress completely [11]. To

account the effect of EGR dilution and charge dilution on ignition delay, ignition

delay model (Eq. 6.2) is extended as shown in Eq. (6.3) [11].

Fig. 6.7 Variations of ignition delay with (a) combustion pressure and (b) EGR for n-heptane [11]
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τi ¼ Ai
p

pref

� �βi
Tbiexp

TA, i

T

� �
ϕγi N2½ �

O2½ �
� �di

exp
N2½ �
O2½ �

ei
T

� �
For i ¼ 1, 3 ð6:3Þ

In the extended equation, two additional terms (an exponential weighted factor

and a simple power law term) are introduced along with two new model parameters,

di and ei. The exponential term accounts for altered temperature dependence,

whereas the power law term reduces or prolongs the ignition delay with the

variation in EGR fraction [11]. The same study also indicated that at heavy EGR

conditions, behaviour of reactive fuels (such n-heptane) is similar to gasoline,

which has lower tendency to exhibit NTC and more tendency for ITHR.

The HCCI combustion is initiated by a spontaneous auto-ignition of the charge,

when temperature and pressure of cylinder exceed a certain level. The temperature

and pressure at the point of auto-ignition is time dependent. Longer available time

for autoignition has a decreasing effect on the auto-ignition temperature and

pressure. Typically in HCCI combustion, autoignition position is estimated from

heat release curve because there is no direct control of ignition timing in HCCI

engine. To estimate the accurate value of autoignition point, a tuned heat release

model is essential (discussed in Sect. 6.2.1). Definition of autoignition position

varies in different studies. A study defined the ignition position as one crank angle

degree (CAD) before the crank angle (CA) position of 1% heat release [17]. Another

study defined the autoignition position as CA position when value of heat release

rate exceeds 0.2 J/CAD [18]. This study also used 1% burn position as ignition

point, and ignition temperature has similar trend that observed with threshold heat

release rate value (0.2 J/CAD) estimation.

Figure 6.8 shows the variations of ignition temperature and required intake

temperature for autoignition of ethanol, methanol and iso-octane in HCCI combus-

tion. Ignition temperature is calculated at 1 CAD before the 1% heat release posi-

tion. The figure shows that ignition temperature is dependent on λ but with lower

sensitivity (curve is flat as mixture becomes leaner). Both ethanol and methanol

have lower ignition temperatures than iso-octane, although they have higher octane

number (ON) than iso-octane. This observation indicates that the ON is not the only

measure of the fuel’s auto-ignition temperature. Other factors such as heat of

vaporization (charge cooling) also affect the autoignition temperature. However,

study found that for hydrocarbons with similar heat of vaporization and molecule

size, the ON is quite good measure of the ignition temperature [17]. Typically,

ethanol requires the lowest intake temperature and increases with methanol and

iso-octane (Fig. 6.8). The requirement of inlet temperature increases with λ because
of lower reactivity of lean fuel mixture, lower residual temperature at leaner

mixture and lower cylinder wall temperature at lean engine operation [17].

Figure 6.9 shows the effect of ethanol composition in oxygenated reference fuels

on autoignition temperature and LTHR for HCCI combustion. Autoignition posi-

tion is defined as CA position where heat release rate exceeds 0.2 J/CAD. Five

symbol marks in the graph indicated five different intake air temperatures. Refer-

ence fuels consist of n-heptane (H) and ethanol (E) and the remaining is iso-octane.

Volume percentage of fuel composition is indicated with preceding number. Fuels
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designated as HxTyEz contains x% of n-heptane, y% of toluene, z% of ethanol and

(100-x-y-z)% of iso-octane. In fuels containing constant n-heptane (H30E5,

H30E10 and H30E20), autoignition temperature increases with increase in ethanol

content (Fig. 6.9a). It can also be noticed that autoignition temperature increases

more significantly at higher intake temperatures because at higher intake temper-

ature LTHR decreases. The LTHR fraction decreases with increase in ethanol

fraction and became zero for 60% ethanol (Fig. 6.9b). Ethanol acts as sink for

radicals responsible for LTHR (Sect. 6.1.1). Similar trend is also observed for fuel

containing only heptane and ethanol (H40E60, H50E50 and H60E40) that

autoignition temperature increases with increase in ethanol content. Although

these fuels have higher content of reactive fuel (n-heptane), they have higher

autoignition temperatures (shown with solid lines) in comparison to fuel having

lower content of heptane (30%) along with ethanol and iso-octane (shown with

dashed lines). It can also be observed from Fig. 6.9 that fuels containing lower

amount of LTHR have higher autoignition temperatures. The fuel effects on

autoignition characteristics in LTC engines are discussed in Sect. 3.1.4 of Chap. 3.

6.2 Heat Release Characteristics

6.2.1 Heat Release Estimation

Heat release is typically used to analyse the combustion characteristics in internal

combustion engines. Heat release information cannot be measured directly

from engine cylinder but generally calculated by processing of measured cylinder

Fig. 6.8 Variations of ignition temperature and required intake temperature as function of λ for

ethanol, methanol and iso-octane (Adapted from [17])
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pressure data. Processing of in-cylinder pressure data can produce valuable infor-

mations that can be utilized for further development, optimization and calibration

of combustion engines. Informations derived from cylinder pressure data

processing related to engine combustion, performance and emissions are summa-

rized in Table A2 (Appendix 1) along with their signal processing methods.

In-cylinder pressure data is typically measured from piezoelectric pressure sensor

flush mounted on cylinder head of the engine. To measure the cylinder pressure data

on crank angle basis, crank angle encoder is used. Schematic diagram of typical

in-cylinder pressure measurement system in HCCI engine is shown in Figs. A1 and

A2 of Appendix 1. Piezoelectric pressure sensor typically provides the charge that

is converted in voltage by charge amplifier. The analog voltage signal is converted

into digital and stored by high speed data acquisition system. Four-step pressure

Fig. 6.9 Effect of ethanol

concentration on (a)

autoignition temperature (b)

LTHR in HCCI engine

(Adapted from [18])
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signal processing consisting of (i) absolute pressure correction, (ii) phasing

w.r.t. crank angle, (iii) cycle averaging and (iv) smoothening (filtering the noise

in signal) is used to obtain sufficiency accurate cylinder pressure data [19]. The

cylinder pressure is further analysed to estimate combustion characteristics.

Cyclic variations in measured pressure data require averaging of numerous

successive cycles for accurate calculation heat release from cylinder pressure

data. Averaging of measured data can eliminate the point-to-point variations

because of random signal noise, but it cannot remove systematic errors in the

signal. The mean input parameters (mass of fuel and air, engine speed, etc.) are

commonly used to calculate heat release rate (HRR). Thus, average in-cylinder

pressure data is required for accurate representation of combustion cycle. To

estimate the sufficient number of cycles for the average data in HCCI combustion,

a standard deviation-based method is proposed [19–21]. Averaging of cycles is not

possible for combustion analysis on cycle-to-cycle basis or during transient oper-

ation of engine. Therefore, filtering of measured cylinder pressure signal is neces-

sary as it is affected by various factors such as signal noise, engine operating

condition, etc. Signal noise in the measured pressure signal is present from various

sources such as (i) conversion of pressure to electrical signal in the sensor (because

of thermal effects, lack of linearity in sensor, sensor resonance, etc.), (ii) signal

transmission (bad connections, electrical effects, etc.), (iii) analog to digital con-

version and (iv) combustion chamber resonance [21]. Cyclic variations can occur

even at steady-state conditions due to variations in the amount of fuel and air

supplied, fuel and temperature stratification, air motion in the cylinder, etc. [19].

Figure 6.10 shows the variations in the standard deviation envelope for different

numbers of cycles in cylinder pressure for without and with filer case in HCCI

combustion. To evaluate the standard deviation in the figure, 3000 consecutive

engine cycles are used. For different numbers of cycles (n), average cycle with

function of CA position is obtained using the equation �Xn, j θð Þ ¼ 1

n

Xjþn

i¼j

Xi θð Þ, where

Xi is pressure signal during ith cycle and θ is the CA position. For each chosen

number of cycles, a set of N�nþ 1 mean signals �Xn, j θð Þ can be estimated. For each

set, standard deviation as a function of CA position can be evaluated as

σn θð Þ ¼ σn �Xn, j θð Þ� �
. Minimum and maximum value of standard deviation is

used for standard deviation envelope (shaded region with a colour) for different

numbers of cycles (Fig. 6.10). The figure shows that the value of standard deviation

decreases with increase in the number of cycles for both the cases (with and without

signal filter). The area between the maximum and minimum standard deviation

curve shrinks with the increase in the number of cycles. The figure also shows that

the maximum variations in the cylinder pressure are observed during combustion

period close to top dead centre (TDC). Filtering the cylinder pressure data using

Savitzky–Golay filter reduces the maximum value of standard deviation as well as

the area between the maximum and minimum standard deviation curve signifi-

cantly. This suggests that filtering the signal and selection of optimal number cycle

is required for accurate heat release analysis.
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Calculation of standard deviation for crank angle basis is also conducted for

pressure rise rate (PRR) and HRR [19]. Figure 6.11 shows the variations in the

maximum difference between the maximum and minimum envelope curve {(σmax–

σmin) max} of the standard deviation during entire cycles with selected number of

cycles for various HCCI engine operating conditions. Figures show that maximum

of (σmax–σmin)max decreases quickly with the increase in the number of averaged

cycles and by using digital signal filters to eliminate high-frequency signal noise.

Figure 6.11 also depicts that there are a number of cycles afterward; additional

number of averaging cycles does not reduce the value of (σmax–σmin)max. For

randomly selected threshold value of (σmax–σmin)max at 5 J/CAD to evaluate

optimum number of cycles based on HRR, then without filtering the optimum

number of cycles is more than 1000 cycles (Fig. 6.11a). For same threshold

value of (5 J/CAD), the optimum number of cycles is 300, 800 and 600 using

Fig. 6.10 Variations of

standard deviation in

average cycles for different

numbers of cycles chosen to

average for measured

cylinder pressure signal

with and without filter at

1200 rpm and λ ¼ 2.1 in

HCCI engine [19]
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Savitzky–Golay, zero-phase and Butterworth filter, respectively, for all the test

conditions (Fig. 6.11b–d). The optimum number of cycles is found to be lower for

leaner engine operating conditions. Figure 6.11 clearly indicates that the optimum

number of cycles required for heat release analysis is dependent on the engine

operating conditions as well as higher-frequency signal noise removal technique

[19]. A more complete discussion using cylinder pressure, PRR and HRR to

estimate optimal number of cycle is provided in study [19].

Fig. 6.11 Variations of the maximum difference between the maximum and minimum envelope

of the standard deviation with number of cycles selected for averaging for rate of heat release

under different load/speed conditions of the HCCI engine. (a) No filter, (b) Savitzky–Golay filter,

(c) zero phase filter and (d) Butterworth filter [19]
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The heat release rate is calculated from measured cylinder pressure by well-

known Eq. (6.4). The detailed derivation of equation along with assumption taken

to derive the equations is presented in section “Heat Release Rate Analysis” of

Appendix 2.

∂Q
∂θ

¼ γ
γ� 1

p
dV

dθ
þ 1

γ� 1
V
∂p
∂θ

þ ∂Qw

∂θ
þ ∂QCrevice

∂θ
ð6:4Þ

Several input parameters are used to accurately calculate the HRR such as

manifold pressure for pegging the pressure data, phasing between cylinder pressure

and crank angle position, compression ratio for instantaneous volume calculation

Fig. 6.11 (continued)
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and heat transfer coefficients for wall heat transfer calculations. In order to have

correct evaluation of HRR, the input parameters need to be tuned such that

motoring cylinder pressure has zero value of HRR. Figure 6.12a shows the well-

tuned motoring heat release curve (HRR is close to zero value) by tuning several

parameters such as intake air pressure, intake air temperature, phasing between the

acquired pressure and CA position, compression ratio and heat transfer coefficient.

Fuel is not injected in the cylinder during motoring; therefore, no heat release is

expected for correctly tuned input parameters. In this tuning procedure for input

parameters, offline iterative processing of motored cylinder pressure data is

used [22].

Correctly tuned values of input parameters obtained from the analysis of

motored cylinder pressures can be used for the analysis of fired cycles also.

Figure 6.12b presents the typical pressure and HRR in HCCI combustion at

1500 rpm and λ ¼ 2.1 for well-tuned conditions. The figure shows that the HRR

is almost zero at locations other than combustion duration. The HRR calculated

using accurately tuned input parameters can be used for ignition position estimation

in HCCI engines (Sect. 6.1.2).

Error in input parameters can cause significant errors in estimation of combus-

tion and performance parameters. A summary of amount of errors that can be

introduced during calculations of various performance- and combustion-related

parameters in HCCI combustion by measurement errors is presented in Table 6.1.

Fig. 6.12 In-cylinder

pressure and rate of heat

release (ROHR) curves for

(a) motoring cycle and (b) a

HCCI firing cycle in well-

tuned parameter

condition [22].
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The calculation of different parameters (from measured cylinder pressure data)

such as indicated mean effective pressure (IMEP), maximum mean gas temperature

(Tmax), combustion duration, etc. is presented in Appendix 2. Table 6.1 shows that

TDC phasing has maximum effect on IMEP and total heat release estimation.

Table 6.1 shows that measurement error of 1 CAD in TDC position can cause an

error in the range of 8.87–11.66% and 9.88–10.81% in IMEP and total heat release,

respectively, depending on engine operating conditions. Other parameters have

comparatively lower effect on heat release calculations.

6.2.2 Heat Release Rate in LTC Engines

Single zone heat release model is typically used for calculating heat release rate

(HRR) from measured in-cylinder pressure data (details provided in Appendix 2).

The HRR measures the rate of conversion of chemical energy of fuel into thermal

energy during combustion in the cylinder. The HRR directly affects pressure rise

rate (PRR) and, accordingly, the torque produced in the cycle. The HCCI engines

have comparatively higher HRR because of simultaneous autoignition of entire

premixed charge in the cylinder. Figures 2.12 and 2.18 (Chap. 2) show the typical

HRR variations at different equivalence ratios and intake temperatures for gasoline

HCCI combustion in naturally aspirated engine conditions. Single-stage HRR curve

is observed for gasoline, and HRR increases rapidly with increase in intake tem-

perature and with richer fuel–air mixtures. Figure 6.13 shows the HCCI combustion

HRR for ethanol and methanol for different relative air–fuel ratio (λ) at 1200 rpm. It

can be observed from the figure that with increase in λ (leaner mixture), the HRR

and PRR decrease along with increase in duration of heat release. Ethanol and

methanol both have single-stage heat release process as they are low autoignition

reactivity high octane fuels. The figure shows that initially fuel–air mixture starts

burning at comparatively lower combustion rate and increases rapidly to a very high

value around halfway through the combustion event. After achieving to maximum

point, combustion rate decreases to zero in almost identical manner as it increased

resulting in to almost symmetrical HRR curve. HCCI combustion is primarily

controlled by chemical kinetics (Chap. 2) and is directly affected by λ and thermo-

dynamic state of the charge in the cylinder. Figure 6.13 depicts that highest HRR is

obtained at richest charge operating condition (lowest λ) and the lowest HRR is

found for the leanest mixture (highest λ) at constant inlet air temperature.

Heat release and autoignition process in HCCI combustion process also depend

on fuel characteristics as well as engine operating conditions. High reactivity (lower

octane number) fuels typically exhibit two-stage heat release (LTHR and HTHR),

and lower reactivity fuels exhibit single-stage heat release (HTHR) in HCCI

combustion process. Reactions involved in the LTHR and HTHR are discussed in

Sect. 2.2.2 of Chap. 2. Figure 6.14 shows the variations in LHTR at different engine

operating conditions and ethanol blends in HCCI combustion. The figure shows that

magnitude of LTHR decreases with increase in intake temperature and engine
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speed. The LTHR is a fairly slow oxidation reactions that occurs actively in

760–880 K temperature range. There is less time for the LTHR to take place before

880 K as the engine speed is increased, which leads to lower LTHR at higher engine

speed. Inhibiting effect of both increasing engine speed and intake temperature on

low temperature chemistry is observed (Fig. 6.14). The LTHR is also get advanced

by increasing intake temperature and engine speed. The ethanol addition reduces

the LTHR drastically due to radical (OH and HO2 radicals) scavenging nature of

ethanol. Ethanol addition fully suppresses the LTHR at higher engine speed and

intake temperature (E15, 900 rpm, 149ºC in Fig. 6.14). Effectiveness of ethanol is

reduced with increasing speed and intake temperature in suppressing LTHR

Fig. 6.13 The HCCI combustion rate of heat release (ROHR) curves for (a) ethanol and (b)

methanol for different λ at 1200 rpm (Adapted from [24])
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(Fig. 6.14). Ethanol addition also retards the LTHR onset position, leading to

competing mechanism, with lower autoignition tendency from higher ethanol

concentration [23]. The factors jointly also explain the nonlinearity in octane

boosting tendency or HCCI number of ethanol.

Intake air pressure significantly affects the HRR characteristics in HCCI com-

bustion (Sect. 2.2.4.3 of Chap. 2). Autoignition reactivity of gasoline changes at

higher intake pressure conditions (Fig. 2.15). Figure 6.15 shows the effect of boost

pressure on HRR of different ethanol blends in HCCI combustion. In figure 6.15,

the HRR is represented as ratio of HRR to the total heat release (THR) in the

cylinder. The figure shows that at lower intake pressure (1 bar), there are gasoline

and ethanol blends showing only HTHR. At higher intake temperatures, ITHR

appears before HTHR for gasoline and lower blends of ethanol. Neat ethanol

operation does not exhibit the ITHR at higher intake pressure (Fig. 6.15). The

reactions involved in ITHR of gasoline are discussed in Sect. 2.2.2 of Chap. 2. This

ability of having ITHR of fuels helps in retarding combustion phasing with accept-

able level of cyclic variations (combustion instability limits). The HCCI engine

needs to be run at retarded combustion phasing to achieve higher engine loads. In

typical gasoline and gasoline-like fuels, the stability with combustion phasing

retard is related to the rate of temperature rise leading up to the onset of the main

combustion (i.e. just prior to hot ignition) [25]. To maintain a strong rate of

temperature rise at retarded combustion phasing after TDC, sufficient heat release

by early autoignition reactions is required to overcome the expansion cooling

produced by the piston motion. This requirement is fulfilled by ITHR reactions,

and the fuels showing ITHR reactions can achieve higher combustion phasing

retard and higher engine loads. Typically, ITHR occurs at temperatures below

those of hot ignition but above those of the more well-known LTHR, which can

be observed on crank angle basis in Fig. 6.15.

Fig. 6.14 The HCCI

combustion LTHR

variations at different

engine operating conditions

and ethanol blends

(Adapted from [23])
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The partial fuel stratification (PFS) is another strategy to achieve higher engine

loads in LTC regime (see Sect. 2.2.4.6 of Chap. 2). In PFS, some portion of fuel is

injected directly in the cylinder to create the stratification, which lowers the

pressure rise rate due to sequential autoignition of the charge. Figure 6.16 shows

the effect of single and dual direct injection on HRR in HCCI combustion different

amount of direct fuel injection quantity. In single fuel injection case, fuel is injected

at start of injection (SOI) timing 60� CA from start of intake stroke. This injecting

timing is found to have higher thermal efficiency. In case of dual direct fuel

injection case, injection timing is held constant at 60� and 305� CA position from

intake TDC for constant combustion phasing (CA50) at 372ºCA. The charge

equivalence ratio (φm) is constant for all the test. Hence, fuel fraction of first

injection proportionally decreases, when second injection amount is increased (0 to

35%). Constant combustion phasing is maintained by adjusting amount of EGR.

Experiments are conducted at intake pressure of 2.4 bar as fuel is found to be

strongly φ-sensitive at this boost pressure.

Fig. 6.15 Effect of intake pressure on ITHR in HCCI combustion for different ethanol-blended

fuels (Adapted from [25])
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Figure 6.16 shows that increasing the amount of fuel stratification significantly

reduces the peak HRR and increases the combustion duration at constant combus-

tion phasing. This occurs because the increased stratification greatly enhances the

Fig. 6.16 The effect of single and dual direct injection on HRR at constant combustion phasing in

HCCI engine at 1200 rpm (Adapted from [26])
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amount of sequential autoignition of the charge, which leads to a slower

combustion-induced pressure rise along the entire combustion event [26]. Although

the amount of LTHR is very small, the overall LTHR consistently reduces with

increased late-DI fraction (Fig. 6.16a). The LTHR almost diminishes at higher

intake temperature for premixed and single injection case, which indicates that fuel

becomes φ sensitive at lower intake temperature. Figure 6.16 also shows that

compared to the premixed fuelling, the single direct injection (S-DI) also provides

a reduction in the PRR and a corresponding decrease in the peak HRR. This

strongly confirms that the S-DI, despite being injected early in the intake stroke

to create a fairly well-mixed mixture, produces a moderate amount of fuel stratifi-

cation that reacts sequentially and lengthens the combustion duration. The stratifi-

cation comparatively increases in dual direct injection. Study concluded that the

double DI is a very effective fuelling method to reduce the peak HRR and increase

the burn duration or to advance the CA50 while maintaining the PRR constant.

Premixed combustion using gasoline-like fuels with high fuel stratification is

typically known as partially premixed combustion (PPC) (see Sect. 2.5.2 of

Chap. 2). In PPC, fuel is directly injected in the combustion chamber, and a highly

stratified premixed charge is burned. The PPC is considered as the combustion

process in between HCCI and conventional diesel combustion. Figure 6.17 shows

the typical HRR curve showing different combustion phases in PPC. The PPC heat

release can be categorized into four phases: ignition delay (ID), low temperature

reaction (LTR), premixed combustion phase and late mixing controlled phase

(Fig. 6.17). Ignition delay phase is the period between start of fuel injection (SOI)

Fig. 6.17 Typical heat release rate curve indicating different combustion phasing in PPC engine

(Adapted from [27]) (MP mixing period, EoLTR end of low temperature reactions)
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and start of combustion (SOC). Typically the end of injection (EOI) is before the

start of combustion. Start of combustion can be defined as the position where HRR

becomes positive (CA0). In ignition delay period, most of the fuel is injected and

evaporation takes place. This phase is important in PPC as it influences the

premixed combustion phase [27]. Low temperature reaction phase is the combus-

tion phase with low reaction temperature, where several reactions occur simulta-

neously and lead to the main combustion. The LTR is depicted by small peak before

the main premixed heat release. The premixed combustion phase is characterized

by a rapid combustion that occurs after LTR phase. This phase is mainly controlled

by chemical kinetics, and reaction rate depends on temperature and composition of

mixture. In the late mixing controlled combustion phase, combustion rate is mainly

controlled by fuel vapour–air mixing process. The heat release continues at lower

rate into the expansion stroke. The low heat release rate is because of slower

chemical reaction process in this phase due to lower cylinder temperature during

expansion stroke. The separation of these two phases is difficult because the part of

the premixed phase combustion is limited by mixing and part of the late combustion

phase depends on slow reactions rather than mixing [28]. A Gaussian profile is used

to separate these two phases in a well-defined manner. Gaussian profile is fitted to

the rising flank of the premixed peak, between end of LTR (EoLTR) and the actual

peak, and the integrated area of the profile is used as a measure of the premixed

reactions [27, 28].

Another LTC strategy called reactivity controlled combustion (RCCI) uses

partially stratified charge using two fuels of different reactivity (see Sect. 2.6 of

Chap. 2). In RCCI combustion, low reactivity fuel is typically premixed (port

injection), and high reactivity fuel is directly injected to create fuel concentration

and reactivity stratification in the cylinder. The HRR in RCCI combustion depends

on fuel premixing ratio, injection timings, fuel composition and intake charge

conditions. Figure 6.18 shows the effect of fuel premixing ratio on the HRR for

gasoline/diesel and methanol/diesel RCCI combustion. Figure 6.18a depicts the

effect of gasoline/diesel premixing ratio on the HRR, and it shows that the com-

bustion of neat diesel (i.e. 100% diesel) demonstrates the cool flame reactions and

premixed combustion phase is followed by diffusion combustion phase. In this

duration, fuel injection and combustion process are overlapped. At the end of diesel

injection, there is a stage of late burning process. With increase in the gasoline/

diesel premixing ratio (up to 50% gasoline and 50% diesel), peak of heat release rate

increases because more charge is burned during premixed combustion phase.

Higher premixing is achieved due to longer ignition delay caused by lower global

fuel reactivity. Therefore, diesel has more time to mix with premixed air and

gasoline charge, which results in more fraction of charge burn during premixing

combustion phase and shows higher peak HRR [29]. At this condition, SOC was

observed before the end of diesel injection (Fig. 6.18). Hence, richer local equiv-

alence ratio was observed at the SOC. With further increase in the gasoline/diesel

premixing ratio, combustion characteristics change. In lower fuel premixing ratios,

lower global fuel reactivity leads to longer ignition delay. In addition to this, lower

injection duration of diesel is still able to mix diesel fuel with premixed air and
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gasoline before the auto-ignition starts. However, with further increase in the

gasoline/diesel premixing ratio (50/50% to 25/75%), combustion is found with

two peaks in heat release rate curve. The first peak of HRR curve is lower as

compared to lower premixing ratio cases. The first peak appears due to the com-

bustion of partially mixed injected diesel fuel and its corresponding premixed air

and gasoline charge. After this stage, stratified charge of air, gasoline and diesel

burns due to the rise in the temperature and pressure from previous combustion

stage [29]. Moreover, with further increase in the gasoline/diesel premixing ratio

(25/75% up to 10/90%), poor combustion was observed. It is already discussed that

with increase in the premixing ratio, global reactivity of the charge is reduced. In

addition with further increase in premixing ratio (i.e. 90% gasoline and 10% diesel),

diesel injection duration is too small, and energy given by diesel is not sufficient to

ignite the premixed air and gasoline. Combined effect of these two factors leads to

increase of the ignition delay (coupled with the fact that the injection is ended much

before the SOC), and overmixing of air and gasoline with diesel results in poor

charge stratification (leanest local φ) leading to poor combustion efficiency.

Fig. 6.18 Effect of fuel premixing ratio on the HRR in RCCI combustion mode for (a) gasoline/

diesel [29] and (b) methanol/diesel [30]
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Figure 6.18b shows the effect of methanol fraction on HRR in RCCI combus-

tion. The figure reveals that ignition timing is retarded and peak HRR decreases

with increase in the methanol fraction. This is due to fuel reactivity distribution

(lower global fuel reactivity) in the combustion chamber. With increase in the

methanol fraction, ignition delay increases due to two main reasons. Firstly, lower

cetane number of methanol delays the ignition timings. Second, higher amounts of

methanol injection in the manifold lead to lower temperature rise rate in the

cylinder due to higher specific heat of methanol [30].

Figure 6.19 shows the HRR at constant combustion phasing for different

in-cylinder blending fuels (i.e. gasoline/diesel (GD), n-butanol/diesel (BD), etha-

nol/diesel (ED) and methanol/diesel (MD)). The percentage value in legend of

figure shows the preming ratio. The figure reveals that higher fraction of diesel is

required (or lower fuel premixing ratio) for maintaining the constant combustion

phasing with methanol/diesel and ethanol/diesel as compared to gasoline/diesel and

n-butanol/diesel fuels. It attributes to the combined effect of combustion chemistry,

higher enthalpy vaporization of methanol and ethanol as compared to n-butanol and

gasoline, as well as the lower global fuel reactivity (high octane number of

methanol and ethanol) [31]. Figure 6.19 also depicts that at 5 bar IMEP, shorter

combustion duration and higher pressure rise rate were obtained with methanol/

diesel and ethanol/diesel as compared to gasoline/diesel and n-butanol/diesel RCCI

combustion. It might be because of higher amount of diesel injection in case of MD

and ED RCCI combustion. However, this trend changes at higher engine load

(12.6 bar IMEP). In case of 12.6 bar IMEP, diesel fuel quantity with various tested

fuel combinations is almost similar. Combustion of such stratified charge with

Fig. 6.19 Comparison of heat release rate at different engine operating conditions for different

in-cylinder blending fuels (Adapted from [31])
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higher temperature and overall equivalence ratio results in typically similar com-

bustion duration and ignition timing.

The RCCI engine can also be operated on a single fuel by adding small amount

of cetane improver in directly injected fuel (Sect. 2.6 of Chap. 2). A study

demonstrates the single fuel RCCI operation at medium engine load conditions

and found the similar results with gasoline/gasoline þ DTBP as with gasoline/

diesel RCCI engine [32]. Another study investigated the single fuel RCCI operation

at lower load condition with gasoline/gasoline þ2-ethylhexyl nitrate (EHN)

[33]. Similar to the dual fuel RCCI, combustion phasing is easily controlled by

adjustments to the ratio of more to less reactive fuel. Figure 6.20 illustrates the

effect of gasoline/diesel and gasoline/gasoline þ2-EHN (3.5% by volume)

premixing ratio on HRR at 4.5 bar IMEP and 1300 rpm. The figure reveals that

single fuel RCCI operation shows much faster HTHR than dual fuel RCCI opera-

tion. Faster HTHR can be possibly the result of higher fraction of port injected fuel,

or 2-EHN added gasoline in the direct injection stream might have greater reactivity

than that of diesel fuel [33]. Significant difference is also noted for LTHR in single

and dual fuel RCCI. Gasoline is a high octane fuel and typically does not exhibit

two-stage heat release. The comparatively advanced LTHR reaction (comparison to

diesel) was observed because of the decomposition of 2-EHN.

Direct fuel injection timing has significant effect on fuel gradient distribution,

which affects the combustion characteristics of RCCI engine. Figure 6.21a shows

the effect of diesel injection timing on HRR for 50% methanol/diesel premixing

ratio in RCCI engine. The figure shows that the heat release advances with

advanced SOI timings from 7 CAD bTDC to 27 CAD bTDC. With further advance

in SOI timing, combustion retards (Fig. 6.21a). Retard of combustion at more

Fig. 6.20 Effect of premixing ratio on HRR ingasoline/diesel and gasoline/gasolineþ2-

ethylhexyl nitrate RCCI combustion at 1300 rpm (Adapted from [33])
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advanced SOI can be explained by cetane number distribution in the chamber.

Figure 6.21b shows the cetane number (CN) distribution for three different SOI

timings, i.e. 12 CAD bTDC, 27 CAD bTDC and 37 CAD bTDC. The figure shows

that the CN values are higher in comparatively larger region for 27 CAD bTDC, and

in relatively smaller region for 12 CAD bTDC. Higher cetane number value

indicates the high reactivity region, therefore, it leads to earlier ignition timings.

However, suitable SOI timing may ensure a region of higher reactivity (higher CN)

of charge either early SOI (leads to wide distributions of diesel) or late SOI (not

enough time for atomization of diesel) [30]. In addition to this, higher specific heat

of charge with advanced SOI timings reduces the temperature rise rate of charge,

which results in lower ignition ability. Therefore, auto-ignition occurs firstly with

mid-SOI (27 CAD bTDC); too advanced or too retarded SOI can lead to the delayed

ignition timing.

Initial conditions of charge significantly affect the HRR in premixed LTC

engines. The effect of intake temperature and pressure on HCCI combustion is

discussed in Sect. 2.2.4.3 of Chap. 2. The HRR in HCCI combustion increases with

increase in intake temperature, and combustion phasing advances with higher

intake temperature (Fig. 2.18). Figure 6.22 shows the effect of intake temperature

for dual fuel (gasoline/diesel (G/D)) RCCI and single fuel (gasoline/ gasoline (G/G)

Fig. 6.21 (a) Effect of injection timing on HRR in methanol/diesel RCCI combustion [30] and (b)

cetane number distribution for different SOI at 2 �CA bTDC [30]
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þ2-EHN) RCCI engine. The figure reveals that RCCI engine could be operated at

similar combustion phasing for both the single and dual fuel strategies. Shorter

combustion duration is obtained with increase in the intake temperature for both the

strategies (Fig. 6.22). It attributes to higher fraction of port injected fuel (used for

Fig. 6.22 Effect of intake temperature on HRR in gasoline/diesel (G/D) and gasoline/gaso-

line (G/G) þ2-EHN RCCI combustion at 4.5 bar IMEP and1300 rpm (Adapted from [33])
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maintaining the constant combustion phasing) which leads to burn more premixed

charge. Figure 6.22a also reveals that peak of LTHR decreases with increase in

intake temperature for both the strategies as expected at higher temperature. Study

concluded that controlling the premixed PFI fuel fraction is able to accommodate

large variations in intake temperature by maintaining constant combustion phasing.

Combustion phasing is also able to be easily controlled at desired CA50 timings at

fixed intake conditions by varying the PFI fuel fraction for both fuel injection

strategies [33].

6.2.3 Combustion Phasing and Duration

Combustion phasing and combustion duration affect the performance and emis-

sions characteristics of engine. At a particular boost level (intake pressure), the

engine efficiency can be maximized if the combustion is correctly phased and it has

the correct burn duration [34]. Too early combustion phasing or too short combus-

tion duration typically leads to very high combustion temperature, which results

into more heat transfer loss. Conversely, late combustion phasing or long combus-

tion duration leads to a decrease in effective expansion ratio, thus higher exhaust

losses and lower engine efficiency. Typically all the combustion phasing parame-

ters are calculated from heat release analysis of measured cylinder pressure signal

(see details in Appendix 2). Crank angle (CA) position at which 10% heat release

(CA10) occurs in the cylinder is typically used as an estimation of SOC. Combustion

duration (CA90�10) is generally defined as the period between CA positions of 90%

and 10% heat release. Combustion duration is a measure of overall combustion rate,

i.e. how fast or slow combustion process is happening in the cycle. Crank angle

position for 50% heat release (CA50) is typically used as combustion phasing in

LTC engines as it affects the performance of engine.

Figures 6.23 shows the variations of CA10 in ethanol- and methanol-fuelled

HCCI combustion for different λ at different intake air temperatures. The figure

shows that on increasing inlet air temperature, CA10 advances at any λ because of

increase in speed of reaction kinetics leading to earlier auto-ignition due to higher

combustion chamber temperature resulting from higher initial charge temperature.

This trend is observed for both ethanol and methanol. Auto-ignition of leaner

mixture requires higher inlet temperature for both fuels to achieve particular

CA10 position. This requirement of higher intake air temperature arises due to

(i) comparatively lower charge reactivity of leaner mixture, (ii) lower temperature

of residuals at leaner engine operation and (iii) mean cylinder wall temperature that

is also lower for leaner mixture engine operations [35]. Thus, leaner mixtures have

retarded CA10 position at a given intake air temperature as longer time is required to

set off the autoignition reactions at leaner engine operating conditions. Figure 6.23

also shows that at particular intake temperature, CA10 is less sensitive to λ at higher
intake air temperature as compared to lower intake air temperature (curves become

horizontal). Methanol shows earlier start of combustion (CA10) position at constant
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λ and intake temperature in comparison to ethanol. This is possibly due to higher

oxygen content in methanol and autoignition chemistry of methanol.

Figure 6.24 illustrates the correlation of ignition timing (CA10) with CA50 and

CA90�10 using gasoline and ethanol in HCCI combustion. Figure 6.24a shows that

at particular intake air temperature, ignition timings are strongly coupled to the

combustion phasing (CA50) for both the fuels. Polynomial second-order regression

curve drawn through the experimental data points captures the trends in behaviour

of combustion phasing with R2 value 0.99. Figure 6.24b shows that combustion

duration (CA90�10) increases drastically with retarded SOC (CA10) timings. Third-

order polynomial regression curve fit in the experimental data points captures the

trend in behaviour of combustion duration. The combustion duration increases due

to lower combustion rate resulting from lower combustion temperature. In case of

late CA10 positions, gas expansion (due to piston movement) before transition to

high temperature oxidation further lowers the charge temperature for early part of

heat release and makes initial combustion rate comparatively lower. Initially slow

combustion rate leads to lower temperature rise rate, and lower peak temperature is

achieved in cylinder because of further volume expansion. Heat transfer is also

higher near TDC position, which further widens the temperature distribution within

charge with time contributing in the extension of the combustion event [35, 36].

Figure 6.25 shows the variation of CA10 in HCCI operating range using gasoline

and ethanol at 1200 rpm. The HCCI operating range is defined by higher and lower

load limit boundary. Knock region shown in the figure represents the engine

Fig. 6.23 Variation of CA10 with λ in HCCI combustion for ethanol and methanol at 1200 rpm

(Adapted from [35])
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operating conditions having ringing intensity (RI) >6 MW/m2. Misfire region

represents the engine operating conditions where coefficient of variation in IMEP

(COVIMEP) >3.5%. Thus, engine operating conditions having RI <6 MW/m2 and

COVIMEP <3.5% are considered in HCCI operating range. At constant λ, increase
in intake temperature advances the CA10 positions. Figure 6.25 shows that contour

lines of CA10 are closer to vertical for ethanol HCCI conditions, which suggests that

ignition timing (CA10) is primarily dependent on intake air temperature.

Fig. 6.24 Correlation of CA10 with (a) CA50 and (b) CA90�10 in HCCI combustion for gasoline

and ethanol (Adapted from [24, 35])
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Dependency of ethanol CA10 position on λ is very weak. The contour lines of CA10

position in gasoline HCCI are comparatively flatter as compared to ethanol indi-

cating that CA10 position has greater dependency on λ as compared to ethanol.

Fig. 6.25 Variation of CA10 in HCCI operating range for gasoline and ethanol (Adapted from

[35])
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Figure 6.26 shows the effect of intake air temperature (Ti) on CA50 and CA90�10

in gasoline HCCI at 1200 rpm for different λ. For each λ, combustion phasing

(CA50) advances with increase in intake air temperature due to earlier ignition by

higher combustion chamber temperature caused by higher initial charge tempera-

ture. Combustion phasing is very sensitive to intake air temperature. Figure 6.26a

shows that at λ ¼ 2.6, increase of 30 �C intake air temperature advances the CA50

Fig. 6.26 Effect of intake air temperature on CA50 and CA90�10 at different λ at 1200 rpm in

gasoline HCCI combustion [24]
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by 14 CAD. High sensitivity of combustion phasing for intake air temperature at

delayed phasing can be described as follows. Auto-ignition occurring at delayed

timings in expansion stroke becomes more sensitive to charge temperature at TDC

because volume expansion due to piston movement tends to counteract the tem-

perature rise by auto-ignition process. Intake air temperature directly affects the

charge temperature in the cylinder, therefore leading to change in combustion

phasing. This change in combustion phasing changes the wall temperature, which

affects the heat transfer rates and feeds back into charge temperature at TDC [36].

Figure 6.26b shows that on increasing intake air temperature, combustion

duration decreases for all values of λ. It can be noticed that leaner mixtures have

higher combustion durations at a given intake temperature. Intake air temperature

directly affects the combustion phasing (Fig. 6.26a). Combustion phasing is one of

the main factors which affects the combustion duration. As the combustion phasing

retards, the combustion duration is longer since the maximum combustion temper-

ature decreases. Several factors contribute to lower maximum temperature at

delayed combustion phasing. These are as follows: (i) delayed CA50 is the result

of lower initial charge temperature, which leads to lower cylinder temperature,

(ii) delayed CA50 gives lower in-cylinder pressures resulting in lower maximum

temperature and (iii) delayed CA50 results in lower combustion efficiency, which

leads to lesser heat release in the cylinder, therefore lower maximum in-cylinder

temperatures [17]. Combustion duration in HCCI combustion is shorter than con-

ventional combustion modes. At higher intake air temperature, combustion dura-

tion is extremely short, as short as 3 CAD for rich mixtures (Fig. 6.26b). This very

fast combustion leads to knocking combustion and the engine operation becomes

extremely noisy. At lower intake temperature and leaner mixtures, combustion

duration is longer. Very long combustion duration may lead to very higher cyclic

variations or partial burn/misfire cycle.

Figure 6.27 shows the variation of combustion duration (CA90�10) in HCCI

operating range using gasoline and ethanol at 1200 rpm. Engine operating condi-

tions having RI <6 MW/m2 and COVIMEP <3.5% are considered in HCCI operat-

ing range. The figure shows that the CA90�10 decreases as intake air temperature

increases at constant λ. The CA90�10 increases as mixture becomes leaner for both

fuels. Figure 6.27 also exhibits that contour lines of CA90�10 have higher slope for

ethanol as compared to gasoline, which indicates that CA90�10 is more dependent

on intake air temperature in ethanol HCCI operation as compared to gasoline HCCI.

The maximum CA90�10 obtained in HCCI operating range is less than 15 CAD for

both fuels at 1200 rpm.

Combustion duration in HCCI combustion is also dependent on engine com-

pression ratio. Increasing the compression ratio leads to higher cylinder pressure

and hence higher combustion temperature, which causes shorter combustion dura-

tion. Another, factor contributing to shorter combustion duration is increased

species concentration as the pressure level is higher. Increased species concentra-

tion leads to faster combustion chemistry [17]. Typically, EGR is used as diluent to

reduce the peak HRR in HCCI combustion. The EGR affects the combustion

duration in HCCI combustion. The total effect of EGR on combustion duration is
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contributed by four main factors: (i) dilution effect, burned gases in EGR lowers the

oxygen concentration; (ii) heat capacity effect, due to higher specific heat capacity

of combustion products in EGR; (iii) chemical effect, chemical reactions involving

Fig. 6.27 Variation of combustion duration in HCCI operating range for gasoline and ethanol at

1200 rpm (Adapted from [35])
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species of the burned gases; and (iv) stratification effect, recirculated burned gases

are stratified from the fuel–air mixture [37, 38]. Figure 6.28 shows the contribution

of different types of effect of EGR on the combustion duration in HCCI engine.

Figure 6.28 shows that the combustion duration increases linearly with the EFR

fraction up to 50%. Further increase in EGR fraction above 50% leads to a much

faster increase in the combustion duration, and incomplete combustion appears for

more than EGR 60% utilization. It is observed from the figure that dilution and heat

capacity effects have similar effect in slowing down the combustion rate in HCCI

engine. This observation suggests that the lower combustion temperature (because

of the heat capacity effect) and the lower oxygen availability (the dilution effect)

are mainly contributing in extension of combustion duration [37]. However, the

chemical effect has an opposing effect on the combustion duration (Fig. 6.28). The

acceleration of combustion by participation of trace species (presents in burned

gases) in HCCI combustion (see Sect. 2.2.4.5 of Chap. 2). This chemical effect

decreases the combustion duration.

Figure 6.29a shows the effect of NO concentration in intake charge (which can

be there during EGR operation) on combustion phasing for PRF (84% iso-octane/

16% n-heptane blend), TRF (65% toluene/ 35% n-heptane mixture) and gasoline in

HCCI engine. At intake pressure 2.0 bar, main combustion phasing of the gasoline

and the TRF have similar behaviour with increase in NO concentration, and the

CA50 advances in the entire concentration range tested. The CA50 of the gaso-

line HCCI combustion is however earlier in comparison to TRF. Figure 6.29a also

depicts that the effect of NO is strongest at low concentrations, which is the

concentration range most relevant to HCCI engines. The CA50 for the PRF fuel

advances also sharply at low NO concentrations, and at higher concentrations starts

retarding at boosted intake condition (2.0 bar). At intake pressure 1.0 bar, gasoline

Fig. 6.28 Contribution of different types of effects of isothermal EGR on the combustion duration

in HCCI combustion [37]

266 6 Combustion Characteristics



CA50 behaves more like the TRF fuel than the PRF fuel with NO concentration, and

CA50 advances in the entire concentration range tested for both the gasoline and the

TRF fuel. This is also the case for the PRF fuel but not to the same extent. At lower

intake pressure also, the NO addition has the strongest impact at lower concentra-

tions. The advance combustion phasing effect at low NO concentrations and low

intake pressure (1.0 bar) is even bigger than in the higher intake pressure (2.0 bar) for

TRF. The effect of NO in intake charge is more marked for the TRF and the

gasoline in comparison to the PRF fuel [39].

Fig. 6.29 (a) Effect of NO concentration in intake charge on CA50 for PRF, TRF and gasoline in

HCCI engine (Adapted from [39]) and (b) effect on incomplete oxidation products on SOC with

different mole fractions (Adapted from [40])
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Figure 6.29b shows the effect of incomplete oxidation products induction in

intake charge with different mole fractions on SOC of HCCI engine. The main

incomplete oxidation products in residual gas that can have significant effects on

the HCCI ignition timings are short-chain alkanes, short-chain alkenes, short-chain

alkynes, aldehydes and alcohols (Fig. 6.29b). All of these species except CH4 have

the potential for advancing the HCCI ignition timings to different extents. It is

found that C2H2, CH2O and CH3OH enhance the HCCI auto-ignition most without

considering their real concentrations, and CH4 can retard the HCCI auto-ignition

slightly. Detailed discussion with reaction mechanism is provided in the original

study [40].

Typically in LTC engines, port fuel injection (PFI) is used for preparation of

premixed charge. The PFI timings also affect the combustion phasing in HCCI

engines. Figure 6.30 shows the effect of SOI timings of PFI system on combustion

phasing at different amounts of fuelling (21, 25 and 29 mg/cycle) and different

intake temperatures (150, 160, 170 and 180 �C). To investigate the effect of PFI

timing on the combustion phasing, different SOI timings (5, 70, 210, 500 and

600 CAD) are selected in open and closed intake valve conditions. Intake valve

opening duration (�10 to 198 CAD) is shown with shaded box below the graph

(Fig. 6.30). Different injection timings affect fuel mixing differently, and various

degrees of fuel inhomogeneity are caused by different fuel injection timings

[41]. During closed intake valve fuel injection, majority of fuel spray strikes the

base of the intake passage and intake valves. The PFI timing has a significant

Fig. 6.30 CA50 variation for varying SOI timings of PFI in methanol HCCI combustion at

1500 rpm (Adapted from [43])
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influence on the mixture formation, and it depends on several factors such as

characteristics of fuel spray in the intake manifold, homogeneity of the mixture at

the time of ignition, cold or hot engine operation, etc. More details regarding the

mixture preparation during closed and open valve injection timing and flow of fuel–

air mixture with its effect on HC emissions are discussed in [42].

Figure 6.30 shows that on increasing the amount of fuel in the cylinder, the CA50

position advances because richer fuel–air mixture auto-ignites early due to higher

mixture reactivity. At constant fuelling, combustion timing advances with increase

in intake air temperature (Fig. 6.30) as explained for Fig. 6.26. The CA50 position

depends on the λ and inlet air temperature. At particular fuelling and intake air

temperature, the CA50 position depends on the fuel injection timing. Figure 6.30

depicts that for closed valve timing, CA50 position is earlier as compared to open

valve injection due to greater homogeneity of mixture formation during closed

valve injection timing and more time available for mixing of fuel and air.

In well-mixed HCCI combustion, the HRR is controlled by chemical kinetic

rate, and amount of thermal stratification exits in the cylinder. Thermal stratification

leads to sequential autoignition which results into slow combustion process and

lowers the PRR. Thus, higher amount of fuel can be burned or more advanced CA50

can be achieved without knock (see Sect. 2.2.4.6 of Chap. 2). Since the control of

thermal stratification is difficult, typically fuel stratification is used to burn higher

amount of fuel to achieve higher engine load in HCCI engine. Some amount of fuel

is directly injected in the cylinder to create the fuel stratification, and the rest of fuel

is premixed by port fuel injection or using separate mixing tank. The higher

equivalence ratio region created by direct injection (DI) fraction autoignites faster,

which leads to advanced ignition. The equivalence ratio of leanest region is reduced

to comparatively lower premixed fraction, and this leaner region autoignites slowly.

The overall effect of fuel stratification is the increase in combustion duration and

reduction in peak HRR. The combustion duration increases with increase in amount

of DI fraction of fuel (Fig. 2.27).

Figure 6.31 shows the variation in CA50 for well-premixed case and partial fuel

stratification (PFS) case for different charge equivalence ratios and IMEP. At all the

test points, ringing intensity is <5 MW/m2. Figure 6.31a shows that at particular

equivalence ratio, CA50 is advanced in case of PFS. Well-mixed combustion

phasing needs to be delayed to keep PRR below the limit. The reduction in HRR

by PFS allowed the CA50 to be advanced significantly for the same load

(Fig. 6.31b), which leads to higher thermal efficiency. For the constant CA50 retard,

the PFS strategy can achieve higher engine load, while maintaining the ringing

intensity limits. Figure 6.31b also compares standard PFS and early DI PFS

strategy. In the standard PFS, 80–95% of the fuel is premixed, and the remaining

fuel is directly injected in the latter part of the compression stroke, typically at

300–325� CA, to create the stratification in the cylinder. In early DI PFS, all of the

fuel is supplied by direct injection early in the intake stroke (60� CA), and due to

incomplete mixing, resulting mixture behaves similar effect that produced by

standard PFS (Fig. 6.31b) [25]. However, early DI PFS has the advantage that

lower intake temperature (Tin<60 �C) can be used without concern about premixed
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fuel condensing in the intake system. Lower intake temperatures can be advanta-

geous to increase the thermal efficiency. Lower intake temperature significantly

reduces the amount of EGR required to retard CA50 to maintain RI � 5 MW/m2

[25]. Lower temperature also results into lower combustion temperature for the

Fig. 6.31 CA50 variations for well premixed and PFS with (a) charge equivalence ratio (Adapted

from [44]) and (b) IMEP (Adapted from [25])
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same load. Both the reduced EGR and the lower combustion temperatures act to

increase the ratio of specific heat (γ) of the combustion products leading to more

work to be extracted during the expansion stroke.

Figure 6.32 shows the variations of CA50 and combustion duration PPC strategy,

which used heavy stratification in cylinder. Fuels designated as G.ON x/y in the

Fig. 6.32a represents gasoline octane number, where ‘x’ is RON, and ‘y’ is MON.

Figure 6.32a shows that combustion phasing retards with increase in engine load to

keep the maximum PRR within the high load limit. Fuels with higher octane

number can be used at higher loads and cannot be operated at lower engine loads.

Fig. 6.32 Variation of combustion duration with (a) IMEP (Adapted from [45]) and (b) combus-

tion phasing (CA50) (Adapted from [28]) for different octane number fuels in PPC strategy
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Figure 6.32a also shows that combustion duration is longer for lower octane number

fuels. Combustion duration is comparatively shorter for higher octane gasoline-like

fuels, and it increases with engine load. Higher octane fuels have higher ignition

delay and mixing is comparatively higher. Thus, during combustion they have

shorter combustion period due to simultaneous combustion of premixed charge.

Figure 6.32b shows the CA90�10 as a function of CA50 at constant IMEP of 8 bar.

The variations in combustion phasing is achieved by changing the injection timings.

The figure shows that diesel (MK1 Swedish diesel) fuel has longer CA90�10 than the

gasoline fuels in PPC strategy. The CA90�10 for MK1 and for the lowest RON fuel

is insensitive to CA50, while it increased for the other gasoline fuels (RON 88) with

retarding CA50. The CA90�10 is longest for MK1 and shortest for the high RON

fuels [28]. This is because of rapid premixed combustion in higher octane fuels.

The dual fuel RCCI is another LTC strategy, which is widely investigated to

higher engine loads while retaining the benefits of HCCI combustion. In RCCI

combustion mode, ignition characteristics and combustion phasing can be easily

controlled by fuel premixing ratio and SOI timings of high reactivity fuel (diesel).

Lower fuel premixing ratio and retard diesel injection timing lead to increase in the

inhomogeneity of charge inside the cylinder due to shorter mixing time. Combus-

tion of highly inhomogeneous charge results into higher NOx and PM emissions.

An excessively advanced diesel injection timing leads to very lean distribution of

diesel fuel inside the cylinder that results in slower combustion. Figure 6.33a

represents the effect of gasoline/diesel premixing ratio and diesel injection timing

on CA50 for two different amounts of injected fuel per cycle in RCCI engine. The

figure shows that combustion phasing (CA50) advances with retarded diesel injec-

tion timings for each test fraction of gasoline. Retarded diesel injection timings

produce more stratified charge, which results in higher local equivalence ratio and

higher local reactivity of charge in some regions. Higher local reactivity and local

equivalence ratio of charge reduce the ignition delay, and autoignition starts early

showing advanced combustion phasing [33]. Figure 6.33b shows the variation of

combustion duration with CA50 for different premixing ratios of gasoline/diesel

(G/D) and methanol/diesel (M/D) RCCI combustion. It can be noticed from the

figure that for both G/D and M/D RCCI, the combustion duration is shortened with

increased premixed ratio (Rp) at TIVC ¼ 400 K. However, ringing intensity reduces

with increased premixing ratio because of retarded CA50 with increase in premixing

ratio [46]. Additionally, the combustion rate is significantly affected by intake valve

closing temperature [47], and combustion duration shortens with higher intake

value closing temperature due to the accelerated combustion rate (Fig. 6.33b).

Figure 6.33b also depicts that combustion duration of M/D RCCI is much shorter

than G/D RCCI for particular premixing ratio and intake temperature, despite of

late combustion phasing in M/D RCCI. Shorter combustion duration in M/D RCCI

is mainly due to the differences in homogeneity of the fuel distribution and the

different fuel chemical properties. Comparatively more retarded CA50 in M/D

RCCI has more time for mixing diesel in the cylinder to form a more homogeneous

fuel–air mixture before main heat release. This leads to comparatively smaller

reactivity gradient in M/D RCCI, and the combustion occurs at multiple hot ignition

sites leading to shorter combustion duration [46].
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Figure 6.34 depicts the effect of ignition timing and ignition delay on the burning

duration of dimethyl ether (DME)–ethanol RCCI combustion. The burning duration

between CA10 and CA50 represents the premixed combustion duration, while the

diffusion burning duration is represented by CA50–CA90 in Fig. 6.34. The figure

reveals that retarded ignition timings lead to the increase of the premixed combus-

tion duration while reducing the mixing controlled diffusion combustion duration.

At fixed ignition timing, increase in the ethanol fraction reduces the premixed

combustion duration and enhances the mixing controlled combustion duration. It

attributes to increase in ignition delay period due to the lower cetane number of

Fig. 6.33 (a) Effect of gasoline fuel fraction and diesel injection timing on CA50 (Adapted from

[48]) and (b) combustion duration as function of CA50 [46] in RCCI combustion
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ethanol fuel. Longer ignition delay allows more time for premixing of charge.

Therefore, autoignition of premixed charge shortens the premixed combustion

duration [49]. Study reported that with an increase in the ethanol concentration,

relationship between premixed combustion duration (i.e. CA10–CA50) and ignition

delay has smaller slope, which indicates that ignition delay period has weak much

significant effect on the CA10–CA50. Moreover, slope between mixing controlled

combustion (i.e. CA50–CA90) and ignition delay period reduces with an increase in

Fig. 6.34 Effect of ignition timing and ignition delay on (a) premixed burning duration (CA10–

CA50) and (b) diffusion burning duration (CA50–CA90) in DME–ethanol RCCI combustion [49]
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the ethanol fraction. Hence, it is concluded that increased ethanol concentration

hinders in combustion progression [49].

Figure 6.35a shows the effect of initial pressure (P), methanol fraction (MF),

initial temperature (T), start of injection (SOI) and exhaust gas recirculation rate

(EGR) on combustion phasing (CA50) variations in RCCI engine. The figure indi-

cates that CA50 monotonically retarded or advanced with the variations in engine

operating parameters (T, P, EGR and MF) except SOI. These parameters have more

sensitive effect on combustion phasing, and ignition timing can be controlled using

these parameters. However, more sensitive parameters need to be controlled pre-

cisely in order to minimize the cycle-to-cycle variations [44]. Study suggested that

Fig. 6.34 (continued)
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adjusting the initial pressure is the best option to achieve appropriate combustion

phasing with minimum impact on other parameters [50]. However, intake pressure

adjustment in practical transient engine operation is challenging. Adjusting the SOI

can also be an option to achieve appropriate combustion phasing, when CA50 is later

Fig. 6.35 (a) The CA50 variations with the changes of the different operating parameters [50]. (b)

Sensitivity of CA50 to the variation of intake valve closing temperature for different fuels as a

function of CA50 in RCCI combustion (Adapted from [46])
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than 4.3 CAD aTDC (Fig. 6.35a). The EGR and initial temperature adjustment to

achieve desired combustion phasing also affect the fuel consumption and emissions.

Thus, it is indicated from Fig. 6.35a that varying the methanol fraction can be

effective and feasible strategy to control the combustion phasing in RCCI

combustion.

Figure 6.35b shows the sensitivity of combustion phasing with intake tempera-

ture for gasoline/diesel (G/D) and methanol/diesel (M/D) RCCI combustion at

different premixing ratios. The figure shows that at same premixing ratio and

CA50, M/D RCCI has comparatively larger sensitivity (d(CA50)/d(TIVC)) in com-

parison to G/D RCCI. The larger sensitivity is attributed to lower LTHR, which

leads to larger sensitivity of in-cylinder temperature to the variation of TIVC in M/D

RCCI [46]. The higher sensitivity found at higher premixing ratio for both fuels at

fixed CA50 is also due to lower LTHR. Figure 6.35b also depicts that sensitivity of

combustion phasing with intake temperature increases at retarded combustion

phasing. For CA50 is earlier than 5� CA ATDC, the sensitivity remains constant

for different combustion phasing (Fig. 6.35b). The sensitivity increases rapidly

(nonlinear relationship is found between CA50 and TIVC) around TDC and is

found very high for further retarded CA50 than 5� CA ATDC. This is due to

significant cooling effect of piston expansion on in-cylinder temperature before

autoignition [36]. Since M/D RCCI has comparatively larger retarded combustion

phasing (Fig. 6.33b), therefore more sensitivity towards intake temperature is

observed.

6.3 Combustion Efficiency

Combustion efficiency is a measure of combustion quality (how well fuel is burned)

of fuel–air mixture in the cylinder. Combustion efficiency affects the thermal

efficiency of engine as well as engine emissions. Combustion efficiency is generally

calculated from measured exhaust emission or calculated heat release using mea-

sured cylinder pressure (equations are provided in Appendix 2). Combustion

efficiency of LTC engine is affected by various engine operating parameters such

as equivalence ratio, EGR, combustion phasing, fuel quality, fuel injection param-

eters, intake pressure and temperature, etc. Figure 6.36 shows the effect of com-

bustion phasing (CA50) and λ on combustion efficiency in HCCI engine at

1200 rpm. Combustion efficiency values presented in the figure are calculated as

ratio of the total heat release to total energy supplied (see Appendix 2). Figure 6.36a

shows that higher intake air temperature and close to TDC CA50 have higher

combustion efficiency due to higher combustion temperatures. The combustion

efficiency is very poor for very late combustion phasing. During late combustion

phasing combustion, volume of combustion chamber is increased, and the combus-

tion temperature decreases. Especially at the end of combustion, the temperature

becomes too low for complete oxidation of the fuel; therefore, a large amount of

unburned hydrocarbon (HC) and carbon monoxide (CO) is emitted in the exhaust,
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which also leads to lower thermal efficiency. This effect of increased volume during

combustion becomes stronger with increased compression ratio, because the

change in relative volume around TDC increases with higher compression

ratio [51].

Figure 6.36b shows the variations of combustion efficiency with λ using gaso-

line, ethanol and methanol at different intake air temperatures. In figure legend,

numbers after the name of fuels gasoline (G), ethanol (E) and methanol

Fig. 6.36 (a) Effect of combustion phasing on combustion efficiency [24] and (b) effect of λ on

combustion efficiency for gasoline, ethanol and methanol at different intake air temperatures

(Adapted from [35]) in HCCI combustion
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(E) represent intake air tempearture. Higher combustion efficiency is achieved with

reasonably rich mixtures. Combustion efficiency increases for engine operation at

higher inlet charge temperatures and richer mixture (lower λ) due to higher com-

bustion temperature and combustion rate at these operating conditions. Moreover,

CA50 is advanced with higher intake temperatures that leads to more complete fuel

oxidation before the volume expansion reduces temperatures to a level, which is

very low to complete the oxidation reactions. In very advanced CA50, PRR

increases drastically and knocking starts. During very high PRR (with very rich

and high inlet temperature), combustion efficiency decreases (gasoline λ ¼ 1.9;

Fig. 6.36b). Combustion efficiency for ethanol and methanol fuel is comparatively

higher than gasoline for fairly rich mixture and higher intake air temperatures.

Figure 6.37 shows the variations of combustion efficiency with engine load and

boost pressure using ethanol and iso-octane in HCCI combustion. Combustion

efficiency is calculated from measured unburned species in exhaust gases.

Figure 6.37a shows that at lower engine load combustion efficiency is very poor

for both fuels and it improves with increase in intake temperature. At a particular

engine load, combustion efficiency of ethanol is found to be higher in comparison to

iso-octane. At lower engine loads (leaner mixtures) and lower intake temperatures,

the limit for stable combustion after autoignition is reached. Very small amount of

heat is released from the combustion, which results in severe quenching [52] and

poor combustion efficiency. Figure 6.37b shows that the combustion efficiency

increases with engine load for both iso-octane and ethanol due to the use of a richer

mixture and hence higher temperature in the cylinder. In supercharge conditions,

combustion efficiency increases due to the increase in cylinder pressure and

temperature. The highest combustion efficiency is yielded with ethanol at higher

compression ratio. Typical maximum combustion efficiency at higher engine loads

is found around 95%, which is lower than the typical combustion efficiency in

conventional engines. This is possibly due to diluted low temperature combustion

in HCCI engines.

Figure 6.38 shows the variations of combustion efficiency with different topland

widths of piston and with different fuels in HCCI engines. Figure 6.38a shows the

combustion efficiency as a function of λ at different engine speeds. With the

smallest topland width, the combustion efficiency decreases slightly with increased

λ. At λ¼ 2.5, the case with the smallest topland width shows the lowest combustion

efficiency. At λ ¼ 4.5 the result is reversed. Topland width 1.3 mm shows the

comparatively lower combustion efficiency at all the speeds. More fuel is trapped in

the topland and not participating in the normal combustion process [52]. Study also

concluded that opening up the topland to 2.8 mm, HC is reduced by over 50% in

some of the test cases. Figure 6.38b shows the combustion efficiency variations

with compression ratio for different fuels. Fuels designated as HxEy contains x% of

n-heptane, y% of ethanol and (100-x-y) % of iso-octane. Each fuel is tested at five

different inlet air temperature levels from 50� to 150� C and combustion phasing of

CA50 at 3 � 1� after TDC is maintained by varying the compression ratio at an

equivalence ratio of 0.33. The figure shows that in PRF fuels, combustion efficiency

decreases as CR increases (corresponding to a lower inlet air temperature). At
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particular compression ratio, a higher octane number fuel has higher combustion

efficiency than a fuel of a comparatively lower octane number. A higher toluene

concentration (corresponding to a higher octane rating) results in to higher com-

bustion efficiencies even though a higher compression ratio is used. For all test

fuels, combustion efficiency decreases as compression ratio increases

(Fig. 6.38b) [53].

Fig. 6.37 (a) Variations of combustion efficiency with IMEP at different intake temperatures

(Adapted from [52]) and (b) effect of boost pressure on combustion efficiency using ethanol

(Adapted from [53]) and iso-octane in HCCI combustion
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Figure 6.39 shows the variations of combustion efficiency in HCCI

operating range using gasoline and ethanol. Engine operating conditions having

RI <6 MW/m2 and COVIMEP <3.5% are considered in HCCI operating range. The

figure shows that the combustion efficiency is higher for richer mixture and high

inlet air temperature. Combustion efficiency is highest close to knock boundary and

Fig. 6.38 (a) Effect of piston topland width on combustion efficiency at different operating

conditions [54] and (b) effect of different fuels on combustion efficiency at constant combustion

phasing and 600 rpm (Adapted from [55]) in HCCI combustion
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Fig. 6.39 Variation of combustion efficiency in HCCI operating range for (a) gasoline and (b)

ethanol in HCCI combustion at 1200 rpm (Adapted from [24])
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lowest close to misfire boundary for both fuels. Contour lines of constant combus-

tion efficiency are inclined indicating the dependency of combustion efficiency on

intake air temperature and air–fuel ratio. Combustion efficiency in HCCI operating

range is higher for ethanol in comparison to gasoline (Fig. 6.39).

Figure 6.40 shows the combustion efficiency map of a wide range of engine

speed at different compression ratios for ethanol-fuelled HCCI engine in naturally

aspirated conditions. The HCCI operating region at any engine speed is defined as

engine operating conditions having peak PRR <5 MPa/ms and combustion effi-

ciency >85%. At each engine speed, there are several combinations of intake

temperature, and λ is satisfying this criterion. For each λ, intake temperature at

which thermal efficiency is maximum is used to develop the combustion efficiency

map at each speed. Figure 6.40 shows that the combustion efficiency decreases at

higher engine speed. Time available for combustion decreases with increase in

engine speed, and to increase combustion rate, higher inlet temperature is required.

Combustion phasing is also dependent on intake temperature in HCCI engine, and

advanced combustion phasing results in higher PRR. With the higher limits of PRR

Fig. 6.40 Combustion efficiency map over wide range of engine speed at compression ratios of

(a) 17:1, (b) 19:1 and (c) 21:1 for ethanol-fuelled HCCI combustion [5]
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and based on the combustion phasing and combustion time, available combustion

efficiency is achieved, and it decreases with engine speed [5]. It can also be noticed

that combustion efficiency is higher at higher loads for all compression ratios.

Figure 6.40 also shows that compression ratio 17 has large region for around 99%

combustion efficiency in comparison to compression ratio 19 and 21 for optimum

inlet temperature. With increase in compression ratio, regions for higher combus-

tion efficiency decrease in the map as expected from Fig. 6.38b.

Figure 6.41 shows the variations in combustion efficiency in partially premixed

combustion using different fuels. Figure 6.41a shows the variations of combustion

efficiency in well-premixed (HCCI) and partial DI (PFS) case for different fuels at

various intake pressures. The partial fuel stratification (PFS) strategy works well for

high φ sensitivity fuel (see Sect. 2.2.4.1 of Chap. 2). Gasoline shows higher φ
sensitivity at higher intake pressure, and hence gasoline data is shown at 2 bar

intake pressure. Combustion efficiency is similar for PFS and premixed strategy in

case of gasoline, but PFS strategy can achieve higher engine loads due to fuel

stratification (Fig. 6.41a). The E10 (gasoline blended with 10% ethanol) fuel is not

φ sensitive at lower intake pressure, and therefore a small amount of reactive

chemical (EHN) is added in the fuel. The PFS strategy can be used to achieve

higher thermal efficiency with ignition improver like EHN. The combustion effi-

ciency is slightly lower in PFS strategy at some cases. At 0.4% EHN and 1.3 bar, the

combustion efficiency rapidly falls in comparison to premixed case at higher load

because of the high load limit approached due to oxygen limit in case of PFS.

Oxygen limit occurs in PFS case because fuel stratification by PFS creates locally

rich zones in the cylinder, and as the fuelling is increased to the limit, these

regions (rich zones) have insufficient oxygen, leading to incomplete combustion

even though there is still oxygen available in other regions of the cylinder

[56]. Hence, although overall amount of intake oxygen is same for well premixed

and PFS, the combustion efficiency of PFS falls much more quickly near the

oxygen limit leading to reduction in the thermal efficiency of PFS compared to

premixed even with CA50 still being more advanced. This disadvantage is removed

with 0.15%EHN concentration at same intake pressure (1.3 bar). Due to the lower

reactivity of the fuel with 0.15%EHN compared to fuel with 0.4%EHN, less EGR is

required, and more oxygen is available [56], and in this case PFS shows similar

trend as the fuel with 0.4%EHN at 1 bar intake pressure.

Figure 6.41b shows the variations of combustion efficiency with engine load for

various gasoline (different research octane number) fuels at two compression

ratios (17.1 and 14.3). In PPC strategy, high octane fuels are directly injected,

and to lower the PRR rate, very high amount of EGR is used. Figure 6.41b shows

that despite the use of 50% of EGR in PPC strategy, the combustion efficiency is

always above 98% for engine loads higher than 7 bar IMEP. In this strategy, it is

possible to burn the fuel–air mixture within the temperature range of 1500 K and

2000 K with suitable combination of λ and EGR. Thus, low NOx and high

combustion efficiency are achieved between 4 and 18 bar gross IMEP for different

gasoline-like fuels. Ethanol (higher octane fuels) shows comparatively lower com-

bustion efficiency at lower engine loads in PPC strategy (Fig. 6.41b).
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Figure 6.42 shows the variations of combustion efficiency with engine load for

gasoline/diesel (G/D) and ethanol-blended gasoline (20%, 85%)/diesel (E20/D;

E85/D) in RCCI strategy vis-�a-vis conventional diesel combustion (CDC). Com-

bustion efficiency is a function of engine load, and it increases with an increase in

Fig. 6.41 (a) Variations of efficiency in PFS and well-mixed strategy in HCCI combustion

(Adapted from [44, 56]) and (b) combustion efficiency as function of engine load in PPC strategy

(Adapted from [34, 57])
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the engine load due to higher combustion temperature. Figure 6.42 reveals that

RCCI combustion strategy has lower combustion efficiency as compared to CDC

strategy, which is mainly due to the incomplete combustion of low reactivity fuel.

Figure 6.42 also depicts that RCCI engine operation with EGR has a higher

combustion efficiency at lower load as compared to RCCI operation without

EGR. The intake charge temperature is higher with EGR, which leads to increase

the oxidation rate. Therefore, higher combustion efficiency is obtained with EGR at

lower load condition. Comparatively lower combustion efficiency of RCCI opera-

tion leads to increase the unburned hydrocarbon emissions as compared to CDC.

In-cylinder fuel blending and fuel injection timing affect the combustion effi-

ciency of RCCI combustion as it affects the local equivalence ratio and charge

stratification in the combustion chamber. Figure 6.43a represents the effect of diesel

main injection timing and in-cylinder fuel blending ratio on the combustion effi-

ciency. The figure reveals that combustion efficiency slightly improves with

retarded main injection timings and reaches about 97.5%. With retard main injec-

tion timing RCCI operation, combustion phasing reaches close to TDC position,

which increases the combustion temperature. Higher combustion temperature

enhances the fuel oxidation rate that reduces the HC as well as CO emissions,

which results into higher combustion efficiency. However, higher combustion

temperature promotes the NO formation reactions, which results in higher NOx

emissions also. Additionally, ringing intensity is also higher for combustion phas-

ing close to TDC but still below the limit of 5 MW/m2. With too advanced fuel

injection timing (i.e. �45 to �50 CAD), overmixing of fuel and air may occur that

results into overleaning of charge, and poor combustion efficiency is achieved.

However, with these injection timings (i.e. �45 to �50 CAD), NOx emissions are

below the EURO VI limits [47]. Study also concluded that to keep NOx and ringing

intensity below the acceptable limits, advanced fuel injection timing of diesel is

necessary in RCCI combustion.

Fig. 6.42 Variations of

combustion efficiency with

engine load for different

fuels in RCCI combustion

(Adapted from [58–60])
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Figure 6.43a also suggests that by increasing the oxygen concentration

(or reducing the exhaust gas recirculation rate), combustion efficiency improves

due to increased HC and CO oxidation rate [47]. With the reduction in EGR rate or

an increase in the in-cylinder fuel blending ratio, combustion efficiency improves

(Fig. 6.43a). Reduction in EGR rate results in progressive advance combustion

phasing, which leads to increase the combustion temperature. Maximum achieved

combustion efficiency is 98.2% which is obtained with EGR rate of 43% and 70.8%

in-cylinder fuel blending ratio (Fig. 6.43a). Combined effect of in-cylinder fuel

blending and intake temperature on combustion efficiency is also presented in

Fig. 6.43 (a) Effect of injection timing and fuel premixing ratio on the combustion efficiency

(Adapted from [47]). (b) Contributors to combustion inefficiency (Adapted from [61]) in RCCI

engine
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Fig. 6.43a. Increase in the intake temperature is required with increase in gasoline

fraction to maintain the constant combustion phasing. The figure shows that with

increase in the intake temperature, combustion efficiency increases up to a certain

fraction of gasoline. Higher temperature of air enhances oxidation rate of the higher

octane fuel (such as gasoline). However, with further increase in the gasoline

fraction, overall reactivity of charge inside the combustion chamber is lower, and

combustion rate is slower. Thus, it increases the combustion losses and lower

combustion efficiency is observed (Fig. 6.43a). Maximum achieved combustion

efficiency is 98.1% at intake temperature of 50.2 � C and gasoline fraction of

68.7%.

Figure 6.43b illustrates the contribution of different species in combustion

inefficiency in gasoline/diesel RCCI combustion. The figure shows that CO is the

highest contributor (~50%) of combustion inefficiency and it remains fairly con-

stant over the entire range of intake oxygen. The HCs and OHCs have a combined

contribution almost equivalent to that of the CO (Fig. 6.43b). The C4–C7 fraction

and the aromatics are the major contributors in combustion inefficiency that

indicate the presence of unburned fuel in the RCCI exhaust. At lower intake oxygen

concentrations, the trends depict slightly lower impact of HCs and OHCs in

agreement with the slightly higher contribution of CO and H2 (Fig. 6.43b). Increase

in the unburned fuel and consequent heavy HC contribution for RCCI could be due

to the entrapment of the gasoline–air mixture in the crevices [61].

6.4 Pressure Rise Rate and Combustion Noise

The HCCI combustion is by nature flameless volumetric (entire cylinder) heat

release process, which occurs in a very short time period in comparison to conven-

tional engine combustion (SI and CI) process. The HCCI combustion completion is

limited by chemical kinetics in well-mixed mixture, while in conventional engine

combustion process, its completion is limited by flame propagation/mixing process

governed by heat and mass transfer. The HCCI combustion mode is similar to the

knock phenomenon in conventional SI engine because of its nearly simultaneous

autoignition of charge in the cylinder. Thus, high load operating range of HCCI

engine is limited by high combustion rate (due to autoignition of entire well-mixed

charge in the cylinder) resulting in high pressure rise rates (PRR) and heavy

knocking. The two major concerns arising from very high PRR and knocking are

unacceptable levels of combustion noise and accelerated wear on the mechanical

components of the engine. Typically, a threshold value of PRR is used to limit the

high load operation of HCCI engine. Another parameter named as “ringing inten-

sity” (RI) (equation is provided in Appendix 2) is also used to better represent the

knock intensity of HCCI combustion [62]. The RI indicates the wave energy of

pressure oscillation caused by knocking during HCCI combustion.

Figure 6.44a presents the variations of RI with λ and intake air temperature for

gasoline, ethanol and methanol. In figure legend, numbers after the name of fuels
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gasoline (G), ethanol (E) and methanol (E) represent intake air tempearture (Ti).

The figure shows that RI increases drastically at each intake air temperature as

mixture becomes richer for both the fuels. When mixture becomes richer, combus-

tion chamber temperature increases due to advanced combustion phasing resulting

in faster combustion rate, which leads to higher PRR. On increasing the intake

temperature at any λ, RI increases. The RI values depend on intake temperature at

Fig. 6.44 (a) Variations of ringing intensity with λ and Ti using different fuels (Adapted from

[35]). (b) Variations of ringing intensity with engine load for gasoline, ethanol and methanol [35]

in HCCI engine
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any λ for a particular fuel. Intake air temperature is typically increased to improve

the combustion efficiency. Therefore, these two factors act opposite to each other,

and optimum intake air temperature needs to be selected for each λ.
Figure 6.44b shows the RI variations with engine load (IMEP) at combustion

phasing corresponding to maximum efficiency (by varying intake air temperature)

for gasoline, ethanol and methanol. The figure shows that RI increases with engine

load for each fuel because richer air–fuel mixture is used at higher engine load.

Figure 6.44b also indicates that ethanol and methanol have higher RI than gasoline

as intake air temperature used to auto-ignite the fuel is higher due to higher octane

number of ethanol and methanol. At higher intake temperatures, combustion

phasing is also more advanced for ethanol and methanol as compared to gasoline

at optimum efficiency. Another possible reason is at higher intake temperatures,

comparatively lower natural thermal stratification for autoignition, which results

into comparatively lower sequential autoignition (due to natural thermal stratifica-

tion) leading to smaller combustion duration and higher RI in case of ethanol and

methanol.

Figure 6.45a shows the effect of CA50 on the RI at different intake air temper-

atures using gasoline and ethanol at 1200 rpm. The figure depicts that RI is very

high at advanced CA50 for both fuels. At retarded combustion phasing, RI is

comparatively much lower. Thus, combustion phasing retard is one method to

control the RI in HCCI combustion. At retarded combustion phasing, sensitivity

of RI (slope of curve in Fig. 6.45a) with CA50 is lower, and it increases drastically

for advanced combustion phasing near TDC. Third-order polynomial regression

curve fits with experimental data and captures the trend in RI variations with CA50

for gasoline and ethanol with a coefficient of determination (R2) of over 0.99.

Figure 6.45b shows the correlation of RI with maximum PRR (PRRmax). In this

figure, RI is plotted against PRRmax for the λ and intake air temperature sweep data

using gasoline, ethanol, methanol and butanol at 1200 and 2400 rpm. The figure

shows that RI strongly correlates with PRRmax. Quadratic regression of experimen-

tal data shows that RI dependence with PRRmax is quadratic. The sensitivity of

RI (slope of curve in Fig. 6.45b) with PRRmax depends on engine speed and it is

higher at higher engine speed. The figure also indicates that depending on engine

operating conditions, RI or PRR can be very high and unacceptable, which limits

the high load engine operation. To decrease the PRR or RI at higher engine load, it

is important to understand the phenomenon occurring during knocking combustion.

Based on understanding of HCCI knock, different methods can be developed for

HCCI knock mitigation. Next few sections describe the HCCI knock, knock

mitigation methods, knock metrics and combustion noise in detail.

6.4.1 HCCI Knock

In HCCI combustion, well mixture charge is burned in the cylinder within a time

period in the order of 0.1 ms, while combustion duration of conventional engines
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occurs in tens of milliseconds [63, 64]. Comparatively shorter combustion duration

leads to very high PRR in HCCI combustion. The HCCI engines are prone to

pressure oscillation even though audible knock is not detected due to the presence

of pressure wave in combustion chamber [62, 65]. The knocking phenomenon in

HCCI combustion can be explained by understanding the initiation of pressure

wave in the cylinder. It is well understood that there exist fuel and thermal

inhomogeneities (parcels with different temperatures and equivalence ratios) in

Fig. 6.45 (a) Effect of combustion phasing on ringing intensity for gasoline and ethanol HCCI

combustion (Adapted from [35]). (b) Correlation of RI with PRRmax using different fuels at 1200

and 2400 rpm (Adapted from [24]) in HCCI engine
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the HCCI engine cylinder, although charge is well mixed and named as homoge-

neous mixture (see Sect. 2.2.4.6 of Chap. 2). Combustion occurs sequentially due to

fuel and thermal inhomogeneities in the cylinder. Andreae et al. developed a

criterion for initiating a pressure wave in HCCI engine, when there is a volumetric

heat release rate of q ̇ locally [65]. If the heat release is over a sphere of radius r and
volume V(¼4πr3/3), to maintain uniform pressure, the expansion due to the rise in

gas temperature should be provided for by the volumetric expansion of the sphere.

Assuming constant ideal gas properties, for uniform pressure in the cylinder, the

equationPΔV¼mRΔT holds, and from energy conservation, equationmCpΔT¼ q ̇
VΔt can be written for time Δt. Combining these equations, volumetric rate of

change can be written as:

ΔV

Δt
¼ γ

γ� 1

_qV

P
ð6:5Þ

For acoustic expansion with speed of sound “u”, the volumetric change can also

be written as:

ΔV

Δt
¼ 4πr2u ð6:6Þ

The acoustic expansion would not be able to accommodate the thermal expan-

sion to maintain the uniform pressure in the cylinder when [65]:

_q >
3γ

γ� 1

P

r=uð Þ ð6:7Þ

Similar criteria are also developed in another study by Yelvington et al. [66] that

knock would not be expected when:

β ¼ Lc γ� 1ð Þ
γP

_q

u
� 1 ð6:8Þ

throughout the cylinder, at all times. γ is ratio of specific heat (Cp/Cv) and Lc is a
characteristic length scale (volume ¼ area) of the inhomogeneities in the HCCI

cylinder (taken as 0.1bore).

From this analysis, it is found that the parameters such as local ambient pressure

in the cylinder (P), mixture composition (γ), temperature in the cylinder (affecting

speed of sound u ¼ ffiffiffiffiffiffiffiffiffi
γRT

p
) and charge stratification (characteristic length of

combustion) affect the threshold for pressure wave formation [63]. At higher

pressure in cylinder (increasing the boost), higher HRR can be accommodated

without pressure oscillations. The more stratified charge (smaller characteristic

length) and higher EGR (lower γ) can burn more amount of fuel without pressure

oscillations which leads to extension of higher load with same RI limit.
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The pressure oscillations can be severe (excessive PRR) at very rich fuel

mixtures in HCCI combustion. Figure 6.46 illustrates the pressure oscillations in

HCCI combustion for five consecutive knocking combustion cycles at two different

engine operating conditions. In-cylinder pressure data is acquired at 86.4 kHz for

both the operating conditions to observe the pressure wave phenomena in closer

detail.

Fig. 6.46 Experimental in-cylinder pressure trace for five knocking combustion cycles for (a)

λ ¼ 2.0 and 1200 rpm and (b) λ ¼ 2.5 and 2400 rpm in methanol HCCI combustion [24]
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Pressure oscillations observed in Fig. 6.46 are due to very fast combustion in a

given parcel of fuel–air mixture, and these local overpressures lead to resonant

pressure waves. For slow enough combustion rate in a fuel–air parcel, the parcel

expands and maintains its pressure nearly equal to that of the rest of the gas in the

cylinder. These pressure oscillations are not expected in combustion of a perfectly

homogeneous mixture (no thermal and fuel stratification). These oscillations occur

due to inhomogeneities present in the cylinder in real HCCI engine. These pressure

oscillations have originated in the cylinder which leads to the excitation of engine

structure and eventually results in acoustic radiation perceived as combustion noise.

The resonant frequencies of a cylinder can be determined analytically by solving

the wave equation presented by Eq. (6.9) [62].

∂2
P

∂t2
¼ u2∇2P ð6:9Þ

where P is the cylinder pressure and u is the speed of sound (u ¼ ffiffiffiffiffiffiffiffiffi
γRT

p
). γ is the

ratio of specific heats, R is the ideal gas constant and T is the temperature.

The frequencies at which the engine knocks are evaluated by the acoustic

vibration modes specific to the combustion chamber. For a simple cylindrical

combustion chamber, the vibration mode frequencies can be calculated analytically

using C. S. Draper’s acoustic pressure wave formula [67].

f m,n ¼
ρm,nu

πB
ð6:10Þ

where fm,n ¼ specific vibration frequency for mode m,n [Hz], ρm,n ¼ vibration

mode factor, u¼ local speed of sound, B¼ bore of the engine, m¼ circumferential

mode number and n ¼ radial oscillation mode number.

The combustion chamber temperature affects the acoustic velocity “u”, as well
as the ratio of specific heats (γ). The in-cylinder temperature is required for

calculation of γ and the speed of sound. Using Draper’s equation, mean theoretical

frequencies for each vibration mode are calculated in order to compare them with

the measured frequencies from the pressure traces. Figure 6.47a shows the theoret-

ically calculated acoustic mode frequencies as function of crank angle position for a

typical fired HCCI engine cycle. It is observed that the expected frequencies of

different modes are in the range of 4–15 kHz. Figure 6.47b presents the power

spectrum of pressure oscillations present in knocking cycle, which illustrates the

frequencies present in the cylinder pressure oscillations. It is observed that three

frequencies mainly present are 5.6 kHz, 6.9 kHz and 8.4 kHz. Peak for third mode is

very weak in some of the engine cycles in frequency domain plot. None of these

frequencies are multiples of each other suggesting that no overtone frequencies

exist [24]. Frequencies are corresponding to modes (1, 0), (2, 0) and (0, 1) termed as

first, second and third mode of pressure oscillations (Fig. 6.47b). The exact value of

frequencies depends on the combustion chamber geometry and charge conditions

[65]. The charge conditions can even shift the frequency corresponding to peak

power spectrum amplitude.

294 6 Combustion Characteristics



Another study found that the lower frequency (4–8 kHz) knock dominates over

higher frequencies (8–20 kHz) in HCCI engines [62], which is also observed in

Fig. 6.47b. The type of acoustic modes and the frequency of the pressure waves are

dependent on the local speed of sound and the combustion chamber geometry.

Fig. 6.47 (a) Theoretically estimated acoustic mode frequencies as function of CAD for a typical

fired HCCI engine cycle [24]. (b) Frequency domain plot for four different knocking HCCI

combustion cycles [24]
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A study used image-intensified high-speed video to investigate the pressure oscil-

lations, or acoustic modes, in the HCCI combustion chamber by developing an

image analysis procedure which extracts the different acoustic modes [68]. Fig-

ure 6.48 illustrates the amplitude of different frequency revealing acoustic modes.

Acoustic modes obtained from image analysis show good agreement with modes

estimated by measurements of in-cylinder pressure data. In Fig. 6.48a, the nodes

and antinodes of the four acoustic modes are apparent and illustrated schematically

in Fig. 6.48b. This particular combustion cycle is selected as an example as it is one

of the few cycles where all four modes occurred [68]. Typically, the first circum-

ferential mode (A1) is the dominant mode in HCCI combustion.

Fig. 6.48 (a) Spatially

resolved amplitudes of four

different frequencies

extracted from the high-

speed video sequence

showing the acoustic modes

in the cylinder in HCCI

combustion. A brighter

colour indicates higher

amplitudes [68]. (b)

Schematic of the four

acoustic modes measured

with high-speed video.

Lines represent the nodes

[68]
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Andreae et al. [65] investigated the knock behaviour of a HCCI engine by

measuring the sound radiation from the engine and the cylinder pressure data.

Prominent PSD (power spectral density) peaks are observed at the 1st mode of

cylinder gas oscillation for both the cylinder pressure and the audible signal.

However, the development of the pressure wave in time is very different than that

of the audible wave within a cycle. No direct interdependence is shown at the same

time between the amplitude of the acoustic radiation and that of the cylinder

pressure wave. Therefore, study concluded that the audible wave is not the result

of the transmission of the in-cylinder pressure wave through the engine structure. It

was rather, the sound radiation from the structural vibration excited by the first few

waves of the cylinder gas vibration. After the vibrational excitation by first few

waves, the cylinder gas vibration and the structural vibration are essentially

decoupled. Thus, the amplitudes of the structural acoustic wave and pressure

wave, at the same time in the subsequent development in one cycle, are

independent [63].

Net energy transfer from the combustion gases to the engine structure is essential

that causes the outer surface of the engine to vibrate, in order to radiate sound waves

from the engine. Therefore, the difference between “quiet” combustion and “noisy”

combustion is not the frequency content of the pressure data itself, but the energy

contained within the pressure pulsations at the frequencies that the engine structure

is sensitive [62]. Eng [62] proposed a quantity defining the total acoustic energy

flux I (watt/m2) related with the pressure oscillation in the cylinder, by

decomposing the waveform into a series of harmonic waves and adding up the

wave intensity of all of them. Acoustic engine flux is given by Eq. (6.11).

I ¼ 1

2γ
ΔP2

P

ffiffiffiffiffiffiffiffiffi
γRT

p
¼ 1

2γ

ffiffiffiffiffiffiffiffiffi
γRT

p
P

X
n

ΔPnð Þ2 ð6:11Þ

where ΔP is the pressure pulsation amplitude, ΔPn the amplitude of the nth
harmonic wave from the Fourier decomposition, R the universal gas constant and

P and T the pressure and temperature, respectively.

To estimate the amplitude of pressure pulsation, Eng [62] considered that

amplitude of pressure pulsation is directly proportional to maximum pressure rise

rate in the cylinder. Thus,

ΔP ¼ β
dP

dt max
ð6:12Þ

where β is a scale factor determined from the experimental data and (dP/dt)max is

the maximum PRR in kPa/ms.

The value for β can be rationally determined from the experimentally measured

data by analysing the maximum amplitude of the pressure pulsations over a range of

operating conditions. Eng [62] found that the amplitude of the pressure pulsations is

typically on the order of 5% of the maximum PRR over a range of conditions and
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accordingly the coefficient β is set to 0.05. The values of β can be different for

engine of different bore size and different compression ratios [69]. Andreae [65]

also proposed similar relation between the amplitude of pressure pulsation and

maximum PRR (Eq. (6.13)).

ΔP � 1

4f

dP

dt max
ð6:13Þ

where f is the oscillation frequency which can be approximately calculated from

the 1st mode oscillation frequencies. This correlation can be utilized to analyse and

evaluate the engine knock tendency with only measured cylinder pressure data

without resolving the acoustic waves.

6.4.2 Knock Metrics and High Load Limit

Accurate measurement of a knocking combustion process is essential to understand

and predict knock in combustion engines. In published literature several methods

have been investigated for accurate knock detection in engines. The accuracy of

knock onset is higher for measurement using an optical approach, while other

methods have limited accuracy due to measurement of secondary affect triggered

by the rapid autoignition process. However, the optical measurement of knock has

limited use due to lower durability of the measurement system. Knock detection

methods other than optical method can be divided into four categories based on the

type of data used for knock analysis as (i) in-cylinder pressure, (ii) engine block

vibration, (iii) ion current signal and (iv) rate of heat transfer [70]. The most widely

used method for knock detection is cylinder pressure-based methods because of

relatively high accuracy and durability of cylinder pressure measurement systems.

To ensure the reliability of acquiring a pressure oscillation, the pressure sensor

should be installed near the cylinder wall and be flush mounted to avoid cavity

resonance [71]. Cylinder pressure sensor mounting position also affects the accu-

racy of data to be used for knock detection purpose. Typically knock onset (KO)

and knock intensity (KI) are the main knock properties. The knock onset indicates

the timing of the start of the pressure oscillations (hence, indirectly a measure of

autoignition time). The knock intensity is an indication of the severity of the

pressure oscillations [72]. The knock intensity can be computed on data either in

the time or frequency domain; all frequency-domain calculations are conducted on

the power spectrum (also known as the power spectral density). The rapid variations

in pressure signal due to the knock event can be detected by analysing either filtered

in-cylinder pressure and its derivatives or the HRR and its derivatives. Finally, KI

metrics can be based on a single value (a maximum or minimum value of a

quantity) such as RI, MAPO (maximum amplitude of pressure oscillations),

MPRR etc, or an averaged or integrated value such as IMP (integral of modulus

of pressure oscillations), AEFD (average energy in frequency domain) etc [70].
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Based on the understanding of the energy associated with pressure oscillation in

HCCI engine, Eng [62] proposed a metric called ringing intensity (RI) by using

maximum pressure (Pmax), maximum temperature (Tmax) and maximum PRR in the

cylinder as:

RI ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
γRTmax

p
2γPmax

β
dP

dt

� �
max

� �2
ð6:14Þ

Another widely used parameter is maximum pressure rise rate in the combustion

cycle. The relation between RI and maximum PRR value in HCCI engine is shown

in Fig. 6.45b. The variation of RI with different engine operating conditions is

presented in Fig. 6.45a.

Typically three main metrics based on cylinder pressure are used for analysis at

high engine load operation. The commonly used metrics are maximum pressure rise

rate (MPRR), RI and combustion noise level (CNL). The crank angle-based MPRR

(i.e. bar/�CA) is perhaps the most commonly used metric used as limiting criterion

for the harshness of HCCI combustion. Presently it is well known that acceptable

ringing/knock limit (i.e. the onset of knock) for HCCI combustion is not correctly

detected by setting a fixed criterion on the maximum allowable PRR (dP/dθ) at
different engine speeds and boost pressures [15, 62, 69, 73–75]. At higher intake

pressure (boost level), it is found that engine can withstand higher PRR without

creating an undue increase in the characteristic audible knocking sound. This

observation is thought to be the result of the increased dampening effect of the

pressure waves by the higher in-cylinder charge density [62, 69]. The immediate

utility of MPRR is due to its ease of computation from in-cylinder pressure data and

can also be calculated in real time. The MPRR metric is directly applicable to the

issue of engine durability, but its usefulness in describing combustion noise is not

universal [76]. MPRR can be used to analyse relative changes in combustion noise

between tests on similar engine platforms operating under similar conditions. The

RI metric directly addresses the issue of engine durability, as it is an estimate of the

intensity of in-cylinder pressure waves, but it shares with MPRR the limitation that

it does not include the effects of frequency distribution and attenuation and there-

fore is not a consistently good prediction for combustion noise level [76].

The RI is a knock metric based on the acoustic energy flux of the pressure wave,

which is computed by relating the amplitude of pressure pulsation (ΔP) and the

global properties of charge in the cylinder. Experimental data shows that relating

ΔP to MPRR by Eq. (6.12) is unsatisfactory because a proportional relationship

with a constant β value cannot be established over wide range of engine operating

conditions [75]. The ΔP–MPRR relationship depends on the engine operating

condition (such as boost pressure) and on the extent of charge stratification in the

cylinder. Due to large degree of inaccuracy in prediction of pressure oscillations

(when only MPRR is used), modified relationship between ΔP and MPRR is

presented [75]. By applying the conservation of energy to the burning mass inside

engine cylinder, which might build up pressure wave, the relation between local

PRR and HRR can be given by Eq. (6.15).
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_P ¼ γ� 1ð Þ _q � γP
_V

V
ð6:15Þ

Here q ̇ is the volumetric HRR and V is the volume of the charge that produces the

heat release.

Integrating over a small time Δt that leads to the pressure rise is given by

Eq. (6.16).

ΔP ¼ γ� 1ð Þ _qΔt� γP
ΔV

V
ð6:16Þ

Equation (6.16) shows that pressure rise magnitude is influenced by the heat

release (1st term) as well as by work needed for expansion against the ambient

pressure (2nd term) inside engine cylinder. Hence, higher intake pressure leading to

higher in-cylinder ambient pressure, reduces the pressure oscillation amplitude for

the same amount of fuel burned. Also with more stratified charge (smaller heat

release space size), the pressure rise under the same extent heat release should be

smaller as well [63]. The volumetric expansion of combustible mixture parcel is

limited by acoustic speed, so to relate the ΔP with MPRR, an offset term is

introduced to consider this effect [63, 75].

ΔP ¼ β MPRR�MPRRoffsetð Þ ð6:17Þ

where

MPRRoffset ¼ γP
ΔV

VΔV
¼ γP

C∗S∗Δt

VΔt
¼ γP

C

L
� P

ffiffiffi
T

p

L

¼ MPRRoffsetð Þ0
Pmax

P0

ffiffiffiffiffiffiffiffiffi
Tmax

T0

r
L

L0
ð6:18Þ

where S is the surface area of the parcel, L ¼ V/S standing for the characteristic

length of the parcel and (MPRRoffset)0, P0, T0, L0 the reference values determined by

the specific combustion conditions (intake pressure, temperature, fuel stratification

extent, etc.). The correlation of ΔP shows great consistency with the modified

relationship. However, authors suggested additional data using different engines

and engine configurations is required to solidify the relationship [75].

Maximum load achieved in HCCI engines is constrained by mainly ringing/

knocking limits. There are other operating constraints which limit the achievable

maximum engine load such as misfire limit, cyclic variation limits, oxygen avail-

ability limits, maximum cylinder pressure limits and efficiency and emission limits

[77]. Table 6.2 presents the different cylinder pressure-based knock metrics used

for knock limit (high load limit) in HCCI engines. The RI is mainly used as knock

criteria in low temperature combustion engines. Figure 6.49 shows the variations of

RI in HCCI operating range using gasoline and ethanol in naturally aspirated

conditions. Engine operating conditions having RI <6 MW/m2 (knock region)
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and COVIMEP <3.5% (misfire region) are considered in HCCI operating range. RI

is observed to be higher for richer mixture and high inlet air temperature as

explained earlier. RI is highest close to the knock boundary and lowest close to

the misfire boundary for both test fuels. Contour lines of constant RI are inclined

representing the dependency of RI on intake air temperature and air–fuel ratio. It

can also be noticed that RI in HCCI operating range is higher for ethanol compared

to gasoline due to different combustion phasing.

Misfire of engine cycle creates a further constraint upon maximum load. Misfire

limit occurs in the case where insufficient energy is available for the fuel to reach its

HTHR (high temperature heat release) regime. EGR is an effective strategy used to

suppress the MPRR at higher engine load. However, EGR displaces air so that for a

given value of manifold air pressure and negative valve overlap (NVO) setting, the

load decreases. If the NVO is adjusted to keep the amount of burned gas (residual

and EGR) constant, the temperature of the charge in the cylinder decreases with

increase in EGR. In this case, at particular condition, the charge temperature can be

insufficient to sustain HCCI operation and misfire limit occurs [87]. Delayed

combustion phasing is another important strategy used to reduce the excessive

PRR at higher loads in HCCI engine. At particular engine operating condition,

such a combustion phasing delay required that cycle misfires because of quenching

effect due to charge expansion with downwards piston motion. Reactions quench

due to insufficient temperatures and unable to reach HTHR. This constrains the

high load limit by misfire [77].

The maximum cylinder pressure limit also constrains the achievable high load in

HCCI engine. This limit arises mainly due to design considerations specifically

related to specific engine decided by high pressure capability of engine compo-

nents and typically provided by engine manufacturer. This limit can also occur in a

number of ways such as high boost pressure and high equivalence ratio engine

operation, excessive ringing in engine and early combustion phasing operation

[77]. Cyclic variability limits and their causes are discussed in Sect. 6.5 of this

chapter. The oxygen availability limit typically comes into picture where higher

Table 6.2 Different in-cylinder pressure-based methods for characterization of knock in HCCI

engines [78]

Knock criteria Limits

MPRR (dP/dθ)max 2 bar/CAD @3000 rpm [79]

6–8 bar/CAD@1500 rpm [80]

6–8 bar/CAD @2000 rpm [81]

10 bar/CAD @1500 rpm [82]

12 bar/CAD @ 1000 rpm [53]

MPRR (dP/dt)max 5 MPa/ms [65]

Ringing intensity (RI) 2 MW/m2 [62]

5 MW/m2 [83]

6 MW/m2 [84]

Pressure oscillations 0.5 bar oscillations; 10% of cycles [85]

Wavelet packet transform Wavelet coefficients [86]
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amount of EGR is used as charge diluent. The HCCI engine operation with high

reactivity fuels requires the use of external (cooled) EGR to avoid the excessive

PRR [88]. Cooled EGR offers a dilution effect and also reduces the charge

reactivity at higher intake pressures, which is used to achieve higher engine load.

Efficiency and emission limits further constrain the higher engine load in HCCI

combustion. At very early or very late combustion phasing, power out and effi-

ciency of HCCI engine is lower. Unburned hydrocarbon and CO emissions are

higher in HCCI combustion, when engine is operated on leaner mixture or highly

delayed combustion phasing due to lower combustion temperature. The NOx

emissions are higher in HCCI combustion when operated on richer mixture or

highly advanced combustion phasing due to higher combustion temperature. These

Fig. 6.49 Variation of RI

in HCCI operating range

using gasoline and ethanol

at 1200 rpm (Adapted from

[24])
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operating conditions limit the high load engine operations. In well-mixed HCCI

combustion, normally ringing limit appears before the NOx limit [77].

The fundamental process affecting HCCI high load operation can be divided into

five main categories: (1) chemical kinetics and fuel properties, (2) initial charge

conditions (pressure, temperature and φ), (3) inhomogeneities (fuel and thermal

stratification), (4) combustion phasing and (5) heat transfer from the cylinder.

Chemical kinetics is dependent on fuel characteristics. HCCI fuels are categorized

into single- and dual-stage heat release fuel. The φ sensitivity of fuel affects the

high load operation of HCCI engine (see Sect. 2.2.4.1 of Chap. 2). Initial charge

conditions mainly affecting the high load are initial temperature, initial pressure

(boost pressure) and residual fraction or EGR fraction in the charge. Inhomogene-

ities of fuel or temperature in the combustion chamber play an important role in

high load engine operation in HCCI combustion (see Sect. 2.2.4.6 of Chap. 2).

Combustion phasing affects the overall performance of HCCI engines. The com-

bustion phasing is affected by several engine operating parameters. Detailed dis-

cussion of each of these parameters affecting high load engine operation is provided

in the reference [77]. The parameters affecting the fundamental phenomenon which

governs the high load limit can be utilized to control the PRR or mitigate the

knocking process in HCCI engines. Methods for controlling the HCCI knock are

discussed in the next subsection.

6.4.3 Controlling Pressure Rise Rate

As discussed in Sect. 6.4.1, the HCCI engine knock is governed by the abrupt

pressure rise initiated by local rapid heat release in different parcels in the com-

bustion chamber. The relationship between the global and the local PRR is also

discussed in previous Sects. 6.4.1 and 6.4.2. Reduction in global PRR is required to

decrease the knock propensity of HCCI combustion. Thus, assessment of PRR

dependency on various engine operating parameters is essential before suggesting

the control methods. Wildman et al. developed methods for thermodynamic assess-

ment of MPRR [89]. A simple thermodynamic model is used for the analysis. The

PRR can be obtained as Eq. (6.19) by energy balance.

_p ¼ γ� 1ð Þ _q �
_Q L

V

" #
� γP

_V

V

� �
ð6:19Þ

To assess the maximum pressure rise rate at the high load limit, the heat loss

term QL̇/V and the volumetric expansion term are small compared to the volumetric

heat release rate q ̇ term. Therefore:

_p � γ� 1ð Þ _q ð6:20Þ

The volumetric heat release rate at crank angle may be written as in Eq. (6.21).
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_q θð Þ ¼
LHV

mf

V θð Þ
	 


τreaction
ð6:21Þ

where V(θ) is the cylinder volume and τreaction is the chemical reaction time scale.

Thus, MPRR can be written as:

MPRR ¼ γ� 1ð Þ mfLHV

τreaction

� �
max

ð6:22Þ

Study found fairly good correlation by using the 10–90% burn duration as an

estimate for τreaction and the volume at CA50 as estimate for the charge volume at the

MPRR point [89]. To analyse the effect of engine load on MPRR, Eq. (6.22) can be

written in terms of NIMEP (net indicated mean effective pressure) and indicated

fuel conversion efficiency (η f,i) by Eq. (6.23).

MPRR ¼ γ� 1ð Þ NIMEP

ηf , i
VD

V θ∗ð Þ

" #
1

τreaction
ð6:23Þ

where V(θ*) is the cylinder volume at the MPRR point and VD is the displace-

ment volume. In order to achieve high engine load (IMEP) using higher intake

pressure, MPRR will increase proportionally if other parameters remain the same.

At high charge density (higher boost pressure), τreaction will decrease (reaction

becomes faster), and combustion will also advance due to lower ignition delay

leading to lower V(θ*). These factors lead to higher increase in MPRR at boosted

engine operation. The MPRR can be reduced by delaying combustion phasing and

increasing the V(θ*) value.
Scaringe et al. investigated the dependency of τreaction on thermochemical

parameters by regression of experimental data [87]. Correlation found in the

study is presented in Eq. (6.24).

1

τreaction
¼ 3:32 	 X1:88

o2
	 X0:35

fuel 	 P1:92
10BTC 	 exp �2560

T10BTC

� �
τreactionin ms;P in bar;T in 0K
� � ð6:24Þ

The Xo2 is mole fraction of oxygen concentration and Xfuel is fuel mole fraction.

The compression pressure and temperature at 10� before-top-centre (P10BTC and

T10BTC) are selected as the thermodynamic variables because up to this crank angle

position, there is no significant heat release. The temperature and pressure (P10BTC

and T10BTC) also encompassed the effects of the trapped enthalpy of the residual,

the intake air temperature and the heat loss [87]. This correlation gives satisfactory

(R2 ¼ 0.71) agreement with experimental data. It is conceived that charge stratifi-

cation also contribute in the data scatter and correlation will improve if stratification

parameters can be included in the analysis. It is difficult to find the precise
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quantitative measures of stratification to assess the stratification factors. Study used

variables such as (Texh � Tin), xr(1 � xr) and (1 � xEGR), to consider the stratifica-

tion for the regression [87]. The variable (Texh � Tin) represents the temperature

non-uniformity due to the mixing between the hot trapped residual and the rela-

tively cool intake fluid. Texh is the exhaust temperatue and Tin is inlet charge

temperature. The xr(1 � xr) represents the concentration non-uniformity due to

the mixing between the residual and the fresh charge, and (1� xEGR) represents the
concentration non-uniformity due to the mixing between the EGR and the fresh

charge. XEGR is the mole fraction of exhaust gas recirculation in unburned charge,

and Xr is mole fraction of residual gas in unburned charge.The modified correlation

found is presented in Eq. (6.25).

1

τreaction
¼ 4:93 	 X0:11

o2
	 X1:38

fuel 	 P2:55
10BTC 	 exp �893

T10BTC

� �
Texh � Tinð Þ�1:63 Xr 1� Xrð Þ½ ��3:73

1� XEGRð Þ3:46
τreactionin ms,P in bar, T in 0K

ð6:25Þ

Though the stratification variables are a very simplified representation of strat-

ification, the agreement with experimental data improved significantly (R2 ¼ 0.87).

This observation indicates the significant role of stratification in characteristic time

responsible for MPRR in HCCI combustion.

A study investigated the combustion limits of HCCI engines and showed that

MPRR is dependent on φ, Pin (intake pressure), CA50 and S (fuel sensitivity)

[90]. From multiple linear regression of experimental data, best linear correlation

is represented by Eq. (6.26).

MPRR ¼ 36:7 φ½ � þ 2:86 Pin½ � � 0:344 CA50½ � � 0:053 S½ � � 8:45; ð6:26Þ

where MPRR is expressed in bar/degree, Pin in bar, S in fuel sensitivity

(RON � MON) and CA50 in CAD [90]. From Eq. (6.26), it is observed that

MPRR value increases with richer mixtures (higher φ) and boost pressure (high

Pin) and decreases with increasing CA50 and fuel sensitivity, if these parameters are

varied individually while keeping other parameters constant.

Another study selected other parameters to investigate the variations of MPRR

in naturally aspirated HCCI engine using gasoline, ethanol, butanol and methanol

as fuel [24]. Parameters selected to characterize the MPRR variations are energy

injected per cycle (J/cycle) (magnitude parameter), CA50 (CAD aTDC) (location

parameter) and combustion duration (CA90�10) (CAD) (dispersion parameter). The

correlation found to work well for the experimental data is given by Eq. (6.27).

MPRR ¼ aþ b CA50ð Þ þ c CA90�10ð Þ þ d Energy=cycleð Þ ð6:27Þ

where a, b, c and d are constants, which were determined using regression of the

experimental data. Empirical correlation found has good coefficient of determina-

tion (R2) value (>0.91). The values of empirical constants are given in Table 6.3.
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This correlation is used to predict the MPRR values, and the results indicate that

the simple correlation captures the trend of MPRR variations and presents good

agreement with the experimental data for the majority of operating conditions. An

uncertainty of 2 bar/CAD is found in the predictions using this correlation. The

uncertainty is evaluated by 2σ, where σ is the standard deviation of residual errors.

This means that the true value, with 95% confidence, lies within 2σ of the estimated

value. This correlation suggests that the main parameters affecting the ROPRmax in

the HCCI combustion engine are fuel energy injected per cycle, combustion

phasing and combustion duration.

Based on the discussion, main strategies to control pressure rise rate are

discussed in next subsections.

6.4.3.1 Extension of Combustion Duration

The relationship between MPRR and reaction characteristic time is represented by

Eq. (6.22). The value of mf.LHV in the equation cannot be varied at constant engine

load to reduce the MPRR. Volume of engine cylinder at MPRR position (V(θ)) is
affected by combustion phasing but its effect will be very limited. The ratio of

specific heat (γ) is not a directly controlled parameter, but it is affected by fuel

concentration and temperature in the cylinder [63]. The most potential variable in

Eq. (6.22) for reduction in MPRR is τreaction. A fairly good correlation is found for

MPRR by using the 10–90% combustion duration as an estimate for τreaction
[89]. This observation suggests that extending the combustion duration can result

into reduction in MPRR in HCCI combustion. Experimental studies confirmed that

increase in combustion duration leads to reduction in MPRR values. Figure 6.50

demonstrates the effect of combustion duration and maximum mean cylinder tem-

perature (Tmax) on the MPRR in HCCI combustion using gasoline, methanol,

ethanol and butanol. The figure shows thatMPRR increases drastically with increase

in maximum in-cylinder temperature and smaller combustion duration. For shorter

combustion duration, combustion rate is high and combustion temperature is also

high. Correlation of combustion duration and maximum mean cylinder temperature

withMPRR is stronger than linear correlation. It is found that quadratic regression of

experimental data has coefficient of determination (R2) of more than 0.90 [24].

6.4.3.2 Thermal and Fuel Stratification

Charge inhomogeneity in the engine cylinder (thermal and/or fuel stratification)

affects the combustion characteristics of the HCCI engines (see Sect. 2.2.4.6 of

Chap. 2). In HCCI engines, the actual overall reaction time is fundamentally

Table 6.3 Values of

empirical constant for

calculation of MPRR by

Eq. 6.27

Speed a b c d R2

1200 �5.3282 �0.8593 0.1872 0.0249 0.95

2400 �5.6838 �0.7656 0.0575 0.0305 0.91
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governed by the charge inhomogeneity. With non-uniform temperature and fuel

concentration distribution in the cylinder, different mixture parcels in the combus-

tion chamber ignite at different times sequentially. Ignition delay difference among

Fig. 6.50 Effect of (a) combustion duration and (b) maximum mean in-cylinder temperature on

MPRR using different fuels at 1200 rpm in HCCI combustion [24]
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the mixture parcels mainly governs the time scale of the entire combustion process

[63]. Thus, stratification (temperature and fuel) can be used to reduce the HCCI

engine combustion intensity and avoid the knocking issues. However, the ignition

delay of the mixture parcels needs to be sufficiently sensitive to the difference of

temperature and/or concentration of the fuel to use stratification as an effective

strategy for MPRR reduction. Sang [63] developed simple analytical equation to

illustrate the effect of stratification on heat release rate in premixed combustion.

Study considered the one-dimensional temperature and fuel concentration distribu-

tion of charge in x direction to simplify the equation. Equilibrium pressure P¼ P(t0)
(t0 is a time point within the period of consideration) and all the other conditions

assumed to be fixed across the cylinder. Then ignition delay of a mixture parcel can

be determined as in Eq. (6.28) [63].

τ ¼ τ
	
Tðx, t0Þ, ρf ðx, t0Þ,Pðt0Þ



ð6:28Þ

Based on Livengood–Wu approach [91], the ignition of the mixture parcel takes

place when the integration (Eq. 6.29) reaches to 1.

I x; tð Þ ¼
Z t

t0

dt0

τ T x; t0ð Þ; ρf x; t0ð Þ;P t0ð Þ� � ð6:29Þ

Assume a portion of charge with I >1 has already ignited by time t. For the
sequential ignition of the charge due to the temperature gradient, the next mass

element Δm to be ignited in the time step Δt is given by Eq. (6.30).

Δm ¼ ρf x; t0ð Þ∗Δx ð6:30Þ

where Δx is the increment in space dimension over which the ignition criterion

will be reached in the next time step Δt and Δx is given by Eq. (6.31).

Δx ¼ Δt
∂I
∂t

� �
t, I¼1

∂I
∂x

� �
t, I¼1

ð6:31Þ

By using Eqs. 6.28, 6.29, 6.30 and 6.31, heat release rate can be written as

Eq. (6.32).

_q x∗; tð Þ ¼ LHV
Δm

Δt
¼ LHV

ρf x
∗; tð Þ

τ x∗; tð Þ Rt
t0

dt0
d

1=
τ

� �
dρf

dρf
dx þ

d
1=
τ

� �
dT

dT
dx

� �" #
x∗, t

ð6:32Þ

Equation (6.32) provides the coupling between the temperature sensitivity of the

ignition delay (d(1/τ)/dT) and the temperature gradient (dT/dx), the concentration
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sensitivity of the ignition delay (d(1/τ)/dρf) and the concentration gradient (dρf/dx)
and its influence on the local heat release rate. Additionally, Eq. (6.32) also depicts

that the actual value of the ignition delay of the parcel under consideration and the

local fuel concentration also impacts directly to the heat release process [63]. Dilu-

tion by EGR extends the ignition delay and fuel concentration can also be reduced

in HCCI combustion. These effects justify the use of EGR in avoiding knock

besides its modification to in-cylinder temperature and specific heat ratio.

It is difficult to produce thermal stratification in the cylinder to control the

MPRR in HCCI engines. Typically fuel stratification is used to control the PRR

and achieve higher engine loads. Two main strategies PPC and RCCI in LTC

regimes use fuel stratification using single and dual fuel, respectively.

Figure 6.51a shows the effect of fuel stratification on MPRR at 1200 rpm in

HCCI engine at constant combustion phasing, where fuel stratification is created

using direct injection of fuel (EOI 30� and 50� bTDC). Figure 6.51a shows that the
MPRR decreases almost linearly with increase in proportion of fuel in the late direct

injection. Increase in stratification in fuel leads to decrease in MPRR and increase

in combustion duration (Fig. 6.51a). Figure 6.51b shows the variation of MPRR

with engine load (IMEP) in PPC engine for various gasoline with different octane

number (RON/MON indicated in the figure). The PPC strategy uses very heavy

stratification of fuels, and all the fuel is directly injected in the cylinder. Large

amount of EGR along with high boost pressure is used in PPC engine to lower the

MPRR [45]. The figure shows that MPRR is function of load as well as fuel type

and it increases with engine load. Even though values above 15 bar/CAD might

look like high for heavy duty applications, however, highly boosted operation (up to

3.7 bar intake pressure for data points in Fig. 6.51b) has to be considered. It is well

known that higher boost pressure leads to an increase in MPRR without resulting

into higher acoustic noise [45].

Equation (6.32) shows that the concentration gradient and concentration sensi-

tivity with ignition delay affect the HRR in premixed combustion. In RCCI engine,

along with concentration gradient reactivity, gradient also exists, which leads to

ignition delay distribution in the cylinder (Fig. 2.42 of Chap. 2). Figure 6.52a shows

the effect of gasoline/diesel (G/D) premixing ratio and diesel injection timing on

MPRR for two different injected fuel quantity. The figure indicates that the MPRR

decreases with an advanced fuel injection timings or increased gasoline fraction.

This study also observed the similar trend for the in-cylinder mean temperature

curve, as MPRR is directly affected by the in-cylinder mean temperature

[48]. Delaying the fuel direct injection timing with fixed gasoline proportion or

lowering the gasoline proportion with constant fuel injection timing can cause an

enhancement of the charge stratification.

Figure 6.52b shows the effect of engine load on the MPRR for various fuels at

constant combustion phasing. Higher MPRR is observed for methanol/diesel and

ethanol/diesel RCCI operation as compared to gasoline/diesel RCCI combustion.

Study [31] reported that in case of methanol/diesel and ethanol/diesel RCCI

operation, higher fraction of direct injected fuel (i.e. diesel) is required to maintain

the constant combustion phasing. It is attributed to lower fuel reactivity and higher
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heat of vaporization of methanol and ethanol. Higher fraction of injected diesel fuel

is responsible for higher MPRR as it increases the reactivity of mixture and

combustion phasing is advanced.

Figure 6.53 shows the effect of CA50 on the RI in RCCI engine by varying

different engine operating parameters. Figure 6.53a shows the effect of CA50 on RI

by varying, i.e. initial pressure (P), methanol fraction (MF), initial temperature (T),
start of injection (SOI) and exhaust gas recirculation rate (EGR). The change in

CA50 by varying these parameters (increasing or decreasing from base value) is

Fig. 6.51 (a) MPRR variations with amount of fuel stratification in HCCI engine for gasoline

(Adapted from [92]). (b) Variation of MPRR with engine load for different octane fuels in PPC

engine at 1250 rpm (Adapted from [45])
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shown in Fig. 6.35a. Figure 6.53 shows the RI reduces with delayed CA50 (i.e. after

4.3 CAD ATDC) for all the parameters. The higher RI with the advanced CA50 is

due to increased maximum combustion temperature and pressure, fast burning rate

with short combustion duration [31]. The figure shows that RI monotonically

increases with the increased initial temperature or the reduced EGR rate (CA50

advances: see also Fig. 6.35a). Lower EGR rate and higher initial temperature

significantly increase the combustion temperature along with advanced combustion

Fig. 6.52 (a) Effect of premixing ratio and diesel injection timing on MPRR in RCCI engine

(Adapted from [48]). (b) Variation of MPRR with engine operating load for gasoline/diesel (G/D),

methanol/diesel (M/D) and ethanol/diesel (E/D) RCCI operation (Adapted from [31])
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phasing, and combustion duration is substantially shortened, which results into

increase of RI. Both methanol fraction and initial pressure depict the similar

characteristics on RI as CA50 is retarded from �3.69�CA ATDC. RI remains a

negligible change and then decreases significantly with the increased methanol

fraction or the decreased initial pressure (Fig. 6.53b). For large methanol fraction,

combustion phasing is significantly retarded to lower reactivity of methanol. Sub-

sequently, the long ignition delay and the nearly homogeneous fuel distribution

because of higher methanol fraction result into a HCCI-like (only premixed)

combustion. This leads to high single peak HRR and short combustion duration.

In case of relatively lower methanol fraction, the high reactivity region created by

the large amount of the injected diesel contributes to the early combustion phasing.

The short ignition delay and more injected diesel lead to more inhomogeneous

distribution of φ in the cylinder, and the HRR curve shows two peaks correspond to

the premixed combustion of diesel and the mixing controlled combustion of diesel

Fig. 6.53 (a) Variation of

combustion phasing (CA50)

with ringing intensity

(RI) for methanol/diesel

RCCI engine (Adapted from

[50]). (b) Comparison of

ringing intensity versus

combustion phasing (CA50)

variations for various

premixing ratio of gasoline/

diesel and methanol/diesel

RCCI engine (Adapted from

[46])
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together with the premixed combustion of methanol, respectively. Hence, the

overall peak of HRR is decreased with the relatively lower methanol fraction, and

the combustion duration is prolonged. When the CA50 is between �3.69� CA

ATDC and 4.3�CA ATDC (the cases with low methanol fraction), the low peak

of HRR counteracts the high combustion temperature and pressure resulting from

the early CA50. Therefore, RI remains almost constant with the variation of

methanol fraction during this combustion phasing.

Figure 6.53b shows the variation of ringing intensity with CA50 for various

premixing ratio (Rp) of gasoline/diesel (G/D) and methanol/diesel (M/D) RCCI

engine. The figure depicts that for methanol/diesel RCCI, the RI can be significantly

reduced by increasing premixing ratio at engine operation on TIVC ¼ 400 K (case

circled in Fig. 6.53b). The RI of methanol/diesel RCCI is slightly higher than that of

gasoline/diesel at the premixed ratio of 75% and TIVC of 400 K, although the CA50

of methanol/diesel RCCI is rather delayed. The RI is extremely high for methanol/

diesel RCCI at advanced CA50 before TDC. Therefore, in order to avoid excessive

RI (>5 MW/m2), the acceptable CA50 of methanol/diesel RCCI should be consid-

erably later than that of gasoline/diesel RCCI [46].

Figure 6.54 represents the allowable operating range of combustion phasing at

various fuel premixing ratio for gasoline/diesel and methanol/diesel RCCI opera-

tion at IMEP ¼ 4.7 bar and speed of 1900 rpm. The operating range is selected on

the basis of acceptable RI, equivalent indicated specific fuel consumption (EISFC)

and Euro VI NOx limits. The figure reveals that to keep the RCCI operation for both

the fuels within the acceptable limit, retarded combustion phasing is required with

increase in the fuel premixing ratio. It means charge homogeneity plays a signif-

icant role determination of optimal combustion phasing in RCCI operation. The

figure depicts that in methanol/diesel operation, more retard combustion phasing is

required to meet the RI limit and later combustion phasing is required to meet

EISFC limit as compared to gasoline/diesel RCCI operation due to the faster

combustion rate of methanol/diesel RCCI operation. In methanol/diesel RCCI

operation, weaker low temperature heat release occurs; thus, it is more sensitive

for combustion phasing to the variation in TIVC as compared to gasoline/diesel

RCCI operation. Therefore, in methanol/diesel RCCI operation, operating range of

TIVC is very narrow as compared to gasoline/diesel RCCI in order to achieve stable

operation (Fig. 6.54).

6.4.3.3 Intake Boost and EGR

Boosting the intake air is a widely accepted method to increase the higher engine

load operation of the engine. Increasing intake pressure leads to more air inducted

in the cylinder, which leads to burn more amount of fuel at the same level of lean

engine operation. However, it also renders higher knock propensity due to more

charge burned in the cylinder which leads to higher PRR at constant CA50, and

boost pressure also enhances the auto-ignition event resulting to higher PRR

[15]. Early HCCI experiments demonstrate that IMEP of 14 bar can be achieved
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at an intake pressure of 3 bar (obtained with an external compressor) as compared to

2.38 bar IMEP achieved at naturally aspirated conditions using natural gas as fuel

[53]. Advanced combustion phasing by higher intake pressure is adjusted by intake

air temperature variations. This study also found that intake boost has different

impact on various gasoline-like fuels. Another study also demonstrated that boosted

intake pressure could decrease the pressure rise induced combustion noise and

results into comparatively wider operating range for turbocharged HCCI engine

[74]. Dec et al. showed that increasing the intake pressure using cooled EGR dilu-

tion rather than air dilution of charge can significantly extend the achievable higher

IMEP [15]. Cooled EGR dilution of charge is more effective because air dilution

contains higher availability of oxygen, which advances the combustion phasing,

Fig. 6.54 Allowable

operating range of

combustion phasing at

various fuel premixing ratio

for gasoline/diesel and

methanol/diesel RCCI

operation (Adapted from

[46])
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while cooled EGR displaces the excess oxygen resulting into slowdown of the auto-

ignition reactions and therefore delayed the combustion phasing. At boost pressure

of 3.25 bar, IMEP of 16.34 bar is achieved by increasing the EGR rate until unstable

combustion occurs (Fig. 2.23 of Chap. 2). Another study found that higher intake

pressure increases the ambient pressure of cylinder and reduces the pressure

oscillations and gives lower acoustics energy flux for the same PRR [64]. The

reason for this observation is already discussed in Sect. 6.4.2. Sang [63] summa-

rized the effect of boost pressure on HCCI combustion as (i) increased boost

pressure engine operation has potential for utilization of higher quantity of fuel

per cycle, (ii) higher boost pressure leads to advanced combustion phasing and risk

of knock increases and (iii) higher boost pressure lowers the HCCI engine knock

propensity from the acoustic perspective.

The EGR is extensively utilized for HCCI combustion control at high engine

load and discussed in detail in Sect. 2.2.4.5 of Chap. 2. The use of EGR is not a load

increasing strategy in itself, but at higher loads, NOx emission levels are exces-

sively high even for HCCI combustion. In these conditions, EGR can also be used

to achieve stoichiometric conditions to mitigate the NOx emission by the three-way

catalyst. In HCCI combustion, internal EGR (to enhance the initiation of combus-

tion) and cooled external EGR (to reduce HRR and achieve higher load) are

typically used [63]. The two types of EGR (internal and external) can also be

used simultaneously to lower the knock propensity while maintaining stable com-

bustion [80]. Wildman [93] found that using external EGR instead of internal EGR

(NVO trapped residual gas) for charge dilution extended the high load limit. The

potential of EGR on controlling the LHTR of two-stage fuels can be used for knock

mitigation in HCCI engine [94]. This study showed that the EGR effectively

counteracts auto-ignition and lowers the intake temperature control requirements.

Thermal and chemical effect of EGR in HCCI combustion is discussed in Sect.

2.2.4.5 of Chap. 2. Chemical effect of trace species on combustion phasing is also

discussed in Sect. 6.2.3 of the present chapter. Investigation of main incomplete

oxidation products in exhaust shows that short-chain alkanes, short-chain alkenes,

short-chain alkynes, aldehydes and alcohols have significant effects on the HCCI

auto-ignition [40]. Study demonstrated that all of these incomplete oxidation

species (except for CH4) can advance the HCCI auto-ignition timings to different

extents. The C2H2, CH2O and CH3OH enhance HCCI auto-ignition most without

considering their real concentrations in the chamber, and CH4 can retard the HCCI

auto-ignition slightly [40]. The advanced ignition timing may lead to higher PRR in

HCCI combustion, which can be adjusted by other parameters. Sang [63] summa-

rized the impact of EGR on HCCI combustion as the EGR has the potential for

HRR reduction, as fundamentally inert gas dilution might extend the ignition delay,

and effect of EGR can have different trend and sensitivity for different fuels.

Several other strategies have also been investigated for HCCI combustion

control. Detail discussed on those strategies can be found in Chap. 5.
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6.4.4 Combustion Noise

Typically, the HCCI combustion process is faster in comparison to conventional

engines. The HCCI combustion is characterized by a relatively high PRR, which

potentially generates two types of combustion noise [73]. First, a “base” noise

produced by the “normal” combustion process as a result of the uniform pressure

rise associated with the combustion process. This base noise can be similar to CDC

and greater than conventional SI engine. Second, combustion noise source for

HCCI engines originates from the “knocking” combustion regime at higher engine

loads leading to high PRR. At higher PRR, acoustic pressure oscillations are created

in cylinder and eventually result in a distinctive, sharp and unpleasant sound

[73]. Both types of noise cause the vibrations in the engine structure (block) that

are subsequently radiated into the surrounding environment. Several cylinder

pressure-based metrics are commonly used to characterize the combustion HCCI,

and these metrics are useful for adjusting and optimizing the control variables to

maintain the engine operating well and to avoid engine knock as well as excessive

base noise. Several studies used MPRR or RI to indicate combustion noise instead

of microphone data or using a combustion noise meter that simulates the attenua-

tion characteristics of the engine structure. Combustion noise meters are devices

that provide a noise level (in dB) by taking cylinder pressure as the input signal.

Filters are applied to the pressure signal to first account for the attenuation due to

engine structure and then (optionally) to account for the frequency response of the

human hearing system [95].

Combustion noise level (CNL) is a commonly used metric designed to evaluate

the intensity of the combustion-induced noise emitted through the engine structure.

The cylinder pressure is converted to the frequency domain where it is filtered by a

transfer function to account for the noise attenuation by the engine structure and

how the transmitted noise is perceived by the human ear [73, 95].

Figure 6.55 shows the variation of CNL with peak pressure rise rate (PPRR), RI,

Pmax and IMEP at steady-state conditions of HCCI engines. The solid lines in the

figure represent the regression line fit, and the two horizontal dashed lines represent

the misfire and ringing limits. Figure 6.55a, b depicts the quadratic and cubic

polynomial regression curve to represent the strong correlation (R2 ¼ 0.9) between

CNL with PPRR and RI, respectively. The CNL does not have strong linear relation

(R2 ¼ 0.68) with PPRR [96]. Figure 6.55a also shows that the CNL becomes more

than 90 dB for PPRR >8 bar/CAD and HCCI operation at these high values should

be avoided. The higher PPRR engine operation leads engine ringing and excessive

heat transfer. The RI is almost constant despite a large variation of CNL from 72 to

84 dB in steady-state data points (Fig. 6.55b). Figure 6.55c shows a strong linear

correlation between the CNL and Pmax (R2 ¼ 0.91). No correlation is found

between CNL and IMEP (Fig. 6.55d).

Figure 6.56 depicts the variations of CNL with start of combustion (SOC), CA50,

CA90 and burn duration (BD) in HCCI combustion. The figure shows that these

parameters have moderate leaner correlation with CNL (R2 ranges from 0.45 to
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0.55). Advanced combustion timing (i.e. SOC, CA50) results into higher levels of

CNL (Fig. 6.56a–b), and retarded combustion timings (CA50 >10 CAD aTDC)

produce lower CNL values (i.e. CNL <80 dB). Early CA50 (CA50 <8 CAD aTDC)

and shorter BD (BD <12 CAD) test conditions have CNL in noisy region. A

correlation with R2 ¼ 0.44 is observed between CNL and BD. Test conditions

with 1< SOC <3 CAD aTDC, 4< CA50 <6 CAD aTDC, 8< CA90 <10 CAD

aTDC and 8< BD <10 CAD exhibit the highest propensity for higher CNL

(Fig. 6.56) [96]. Retarded combustion phasing and longer burn duration typically

lead to lower CNL.

Figure 6.57 shows the relationship between RI/MPRR and CNL in HCCI engine

for different operating conditions. Figure 6.57 shows at particular intake pressure

(Pin), the CNL increases linearly with log(RI) for CNL above 80 dB. It is also

observed that for any RI (�0.8 to 7 MW/m2), the CNL increases by �2.2 dB as Pin

increases from 1.0 to 2.0 bar. The increase in the CNL with RI and boost pressure is

attributed to higher magnitude of the zero mode [73]. This relationship between RI

and CNL for variations in Pin has significant importance from the standpoint of

selecting a metric to constrain the operating range of HCCI-like combustion to

avoid excessive harshness [73]. For example, CNL threshold of 90 dB is selected

Fig. 6.55 Variation CNL with the PPRR, RI, Pmax and IMEP at steady-state HCCI combustion

[96]
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(RI ¼ 5 MW/m2 for Pin ¼ 2.0 bar) as knocking limit; then significant knock can

occur at Pin ¼ 1.0 bar at which RI ¼ 7.5 MW/m2 (which is severe knocking such as

above in which data is not being taken) for the same CNL. Figure 6.57 also shows

the effect of engine speed on CNL in HCCI combustion. The CNL significantly

increases with increase in engine speed. The figure also presents that the spacing

between the data curves at the various engine speeds is unequal, which indicates

that the slope of the increase in the CNL with engine speed decreases with the

increase in engine speed [73]. This study concluded that CNL is not a useful metric

for estimation of the knock propensity of HCCI combustion because the CNL is not

sensitive to the power content of the knock/ringing resonant modes, and the onset of

knock does not correlate with a fixed value of the CNL. This study also emphasize

the fact that the RI and the CNL are designed to provide two distinctly different but

complementary measurements. The RI is found to be a better criterion to avoid

knocking combustion regimes and the associated characteristic noise, while the

CNL provides a valuable metric for estimating the overall loudness of the combus-

tion, irrespective of whether the engine is knocking or not.

Figure 6.58 shows the effect of combustion phasing on sound pressure level

(SPL) for CDC, RCCI and HCCI combustion engines. The figure shows the SPL

Fig. 6.56 Variation CNL with the SOC, CA50, CA90 and burn duration (BD) at steady-state HCCI

combustion [96]
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decreases with retard of combustion phasing for both RCCI and CDC. The SPL is

lower for RCCI combustion in comparison with HCCI combustion at similar

combustion phasing (Fig. 6.58) due to stratified combustion in RCCI engine, and

combustion duration is also higher in RCCI combustion. The CDC combustion has

comparatively lower SPL due to delayed combustion phasing and larger combus-

tion duration. Study also concluded that magnitude and variation of SPL is

Fig. 6.57 CNL variation with RI and MPRR at different engine operating conditions in HCCI

combustion (Adapted from [73])

Fig. 6.58 Variation of

sound pressure level (SPL)

with CA50 in RCCI, HCCI

and CDC engines [76]
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generally not proportional to PPRR or RI, especially when changing operating

conditions or combustion strategy [76]. Another major observation from the study

is that the first two circumferential resonant frequencies (which appear in the ranges

of 2–4 kHz and 4–6 kHz) accounted for more than 80% of the integrated power in

the acoustic vibrational range for all HCCI, RCCI and CDC cases. This observation

indicates that in general, the audible ringing noise produced by compression

ignition strategies on that particular engine platform primarily originates from

circumferential pressure waves [76].

6.5 Combustion Instability and Cyclic Variations

The engine revolutions and developed power vary from cycle to cycle and from

cylinder to cylinder. It means that no two engine cycles are the same similar to

fingerprints. Atkins [97] summarized the signs of combustion variability in con-

ventional engines as: cyclic and cylinder-to-cylinder variations in torque and engine

speed, engine roughness, compromised torque/power, lower resistance to knock,

efficiency losses, higher emissions, compromised dilution tolerance and lower fuel

economy. Atkins [97] also listed the causes of combustion variability in conven-

tional engines as mixture motion at the location and time of spark, variations in the

amount of air and fuel inducted in each cycle, mixing of the fuel and exhaust

residuals, low ignition energy or a small plug gap, fuel preparation (droplet size,

cone angle, targeting, swirl), excessive dilution (by exhaust gas recirculation or air)

and long burn duration due to poor combustion system hardware design. It has been

demonstrated that cyclic variations correlate well with variations in the torque

produced by engine; thus, it directly affects the drivability of vehicle. Therefore,

it is essential to minimize cycle-to-cycle variations during the engine design phase

itself for stable engine operation and optimized performance in terms of emissions

and fuel conversion efficiency.

As discussed in Chap. 2, there is no direct control on ignition timings in HCCI

engines, and ignition timing is sensitive to equivalence ratio, intake temperature,

compression ratio, residual gases/EGR, cylinder wall temperature and chemical

kinetics of fuel–air mixture. Li et al. [98] summarized the possible strategies to

initiate and maintain stable HCCI combustion as (i) methods to rapidly adjust the

intake temperature and pressure, as well as the rate of EGR; (ii) methods to vary the

total mass, composition and temperature of the residual gases trapped in the

cylinder; (iii) mechanisms to alter the compression ratio during transient operation

such as variable valve timing; (iv) methods of optimizing fuel composition in the

cylinder using on-board fuel reforming; (v) methods for smooth transition between

HCCI and conventional combustion modes; and (vi) methods for rapid air–fuel

mixing to prepare premixed charge. Depending on the strategies used to achieve the

HCCI combustion and combustion phasing, typically HCCI combustion has higher

unburned hydrocarbon and CO emissions, as well as higher cycle-to-cycle and

cylinder-to-cylinder variations than expected, especially at lower engine operating
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loads [98, 99]. High cyclic variations (misfire) typically limits the HCCI operating

range at lower engine loads. To extend the engine operating load of HCCI engine,

fast switching between HCCI and conventional mode is proposed, which essentially

needs cycle-by-cycle control of ignition timing. Developing new methods to effec-

tively control combustion phasing over a wide range of operating conditions and

combustion-mode switching needs clear understanding of cyclic variations in HCCI

combustion. Combustion phasing control is even more challenging during transient

conditions due to cyclic variations in HCCI combustion [100]. Understanding of

in-cylinder process of HCCI cyclic variations is required in order to make the

combustion more stable to cyclic variations. The sources of cyclic variability and

their characteristics in LTC engines are discussed in next subsections in detail.

6.5.1 Source of Cyclic Variability

In HCCI engines, cycle-to-cycle variations are lower in comparison to conventional

SI engines, but variations can be very large under particular engine operating

conditions [189, 101–102]. Li et al. [98] identified and summarized several factors

affecting HCCI combustion and the extent of cyclic variations. These include

variations in factors and parameters such as (i) equivalence ratio or fuel flow rate;

(ii) intake pressure and temperature; (iii) coolant and lubricating oil temperatures;

(iv) mixture inhomogeneity (thermal and fuel stratifications); (v) diluents,

i.e. external or internal EGR; (vii) fuel–air mixing and homogeneous mixture

formation strategies; (vi) intensity of intake charge motion and bulk turbulence in

the cylinder; and (viii) completeness of combustion in the preceding cycle. To

control cycle-to-cycle variations in HCCI engines, various actuation strategies are

used, which also affect the combustion phasing such as intake air preheating,

exhaust reinduction, exhaust recompression, VCR, multi-fuel and multiple injec-

tion strategies [101]. Several studies characterized the cycle-to-cycle and cylinder-

to-cylinder variations using different fuels [101–109]. Shahbakhti et al. [102]

recognized four major potential sources of cycle-to-cycle variations in HCCI

engines, namely, (i) thermal stratification, (ii) fuel concentration stratification,

(iii) cyclic variations in equivalence ratio of charge and (iv) cyclic variations in

diluents (EGR and/or residual gases).

Spatial variations in fuel concentration in the charge exist in the combustion

chamber because of the inadequate mixing of fuel, air and residual gas. The fuel

injection strategy affects the air–fuel homogeneity at the initial phase of combus-

tion. Typically, port fuel injection (PFI) is used for charge preparation in HCCI

engines, which can lead to the mixture composition inhomogeneity [110]. In the

fuel concentration stratified (inhomogeneity) case, locally rich zones autoignite

earlier with suitable temperature in the cylinder. The effect of fuel stratification is

specifically prominent at lower engine loads [111]. Cycle-to-cycle variations in the

fuel concentration inhomogeneity of the mixture lead to the cycle-to-cycle varia-

tions in HCCI combustion. It is demonstrated that the fuel inhomogeneity has
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comparatively smaller effect on the cycle-by-cycle spatial variations of HCCI

combustion than the temperature inhomogeneity [110].

Temperature inhomogeneity in the charge is caused by heat transfer from

different temperature surfaces (piston, valves, cylinder head) and from inadequate

mixing of fuel, air and residual gas [112]. Spatial temperature stratification in the

combustion chamber can also occur due to the inhomogeneous heat release from the

cool flame chemistry [113]. Experimental measurements demonstrated the hetero-

geneity in combustion of charge always exists with large spatial and temporal

variations due to temperature stratification in HCCI engines [111, 113, 114]. Effect

of inhomogeneity on HCCI combustion is discussed in Sect. 2.2.4.6 of Chap. 2. It is

discussed that thermal stratification in the bulk gas directly determines the maxi-

mum HRR in HCCI combustion. Thermal stratification is naturally created during

intake and compression stroke. Delayed combustion phasing substantially

enhanced the thermal stratification due to more time available for the stratification

to develop [36, 114]. Analysis of single-cycle temperature maps (obtained from

optical imaging) shows that the thermal stratification existing in the bulk charge of

cylinder is not characterized by isolated cold pockets, but is rather due to the

penetration of cold structures extending from the walls [114]. These cold structures

are found to be not visible in average images, which indicates that they are mainly

produced by in-cylinder turbulent flows that vary significantly from cycle to cycle.

Investigation on effect of turbulence and initial temperature on inhomogeneity in

HCCI combustion showed that increasing temperature inhomogeneity in the bulk

flow leads to an earlier ignition of the charge. For the same temperature inhomo-

geneity, increasing turbulence would retard the ignition process [113]. Enhanced

natural thermal stratification can be achieved by lowering the coolant temperature.

Lower coolant temperature leads to the increased heat loss which results in to a fuel

penalty [36]. For possible additional enhancement of the natural thermal stratifica-

tion, the heat transfer rates can be further enhanced by increasing the in-cylinder air

swirl, which further increases fuel penalty. Cycle-to-cycle variations in the tem-

perature of residual gas can create cyclic thermal stratification in the combustion

chamber, which can result into cycle-to-cycle variations in HCCI combustion

[115]. A coupling between wall temperature and combustion timing also exists,

and cyclic variations in cylinder wall temperature can lead to cyclic variations in

combustion timing and vice versa [116].

Cyclic variations in mean air–fuel ratio of inducted charge can vary significantly

in PFI engines [117], which is a widely used method of charge preparation in HCCI

engines. Cyclic variations in the gas exchange process and incomplete evaporation

of the liquid fuel (especially at very lean mixture operation) can lead to cyclic

variations in air–fuel ratio [118]. These cyclic variations in air–fuel ratio lead to

variations in mixture richness (reactivity) as well as variations in the ratio of

specific heats (γ) of the mixture, which creates the differences in the charge

temperature [111]. The cyclic variations in mean air–fuel ratio of the charge lead

to cyclic variations in HCCI combustion [102].

To control the combustion phasing in HCCI engine, cooled EGR and internally

trapped residuals are the two widely used methods among other strategies. The
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external EGR (EEGR) typically retards the combustion phasing by reduction of

combustion temperature and suppression of the autoignition reactions, which is

caused by higher specific heat of combustion products and reduction in oxygen

concentration in the charge. In contrast, the trapped internal EGR (REGR) from the

previous cycle leads to advancing the combustion phasing due to higher tempera-

ture of residuals which preheats the incoming charge in cylinder [119, 120]. The

presence of hot residual pockets trapped from the previous cycle can further

increase the degree of thermal stratification in cylinder due to incomplete mixing,

unless the potentially more intense mixing homogenizes the core of the charge very

fast [119]. The amount of diluents (internal or external) in the cylinder affects the

HCCI combustion [110]. Therefore, cyclic variations in quantity and composition

of diluents can lead to cyclic variations in HCCI combustion that can create a

variation in the diluent for the next combustion cycle [102]. In case of dilution by

EGR, both the thermal and chemical effects play a role in cycle-to-cycle variations

in HCCI combustion [119].

Figure 6.59 illustrates the cyclic variations in HCCI combustion for stable and

unstable engine operation. The stable operation with a CA50 avg. of 13.4� CA

Fig. 6.59 Cyclic variations in HCCI combustion for (a) stable operation and (b) unstable

operation for 64 consecutive cycles [119]
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aTDC (COVIMEP ¼ 3.56%) has only small cyclic variations of the mass and

temperature of each gas at IVC (mair, mfuel, mEEGR, mREGR, Tair, Tfuel, TEEGR,
TREGR: m and T indicates mass and temperature respectively) and the TIVC. Cyclic

variations for the stable operation are equally distributed to values higher and lower

than the average resulting into lower cyclic variations in the CA50 and the IMEP. In

contrast, the unstable operation has various cycles that exhibit a much larger spread

around the average for mair, mEEGR, mREGR, TREGR and the resulting TIVC
(e.g. cycles no 34–42 and cycles no 49–57 of Fig. 6.59b).

Detailed analysis of IMEP time series (Fig. 6.59b) shows that a partial burn cycle

is often followed by another partial burn cycle because a partial burn cycle has

lower TREGR that leads to comparatively lower TIVC. Hence, the subsequent

combustion cycle after a partial burn cycle has a higher probability for a delayed

initiation of combustion. Delayed ignition timing is likely to result into a second

partial burn cycle with more reduced IMEP. However, comparison of cyclic

variations in IMEP and CA50 shows that cyclic variations of IMEP do not match

the cyclic variations of CA50 well (particularly for the partial burn cycles)

[119]. Additionally, Fig. 6.59b shows that immediately after an excessive partial

burn cycle (cycle number 38 and 52 having the lowest IMEP), the IMEP recovers

towards the average value of IMEP at significantly lower TIVC and highly delayed

CA50 timings. Particularly, cycle number 53 (Fig. 6.59b) shows the maximum

IMEP value at the most retarded CA50 despite the lowest TIVC. This indicates that
chemical state (type of chemical species and thier concentration) of the charge at

IVC is responsible for higher IMEP and it cannot be described by considering a

thermal state (pressure and temperature) of charge at IVC. It is shown that the trace

species that are produced in LTHR period are responsible for the sufficient

enhancement of autoignition which recover the IMEP [119]. Study also argued

that the chemical enhancement of autoignition by the trace species recirculated

from previous cycle with internal residual gases is greater than the thermal sup-

pression of autoignition by low charge temperature.

The sources of combustion instability in LTC engines are investigated using

response surface model (RSM), and data analysis showed that RCCI and HCCI

engines have significantly large cyclic variations and have a much higher sensitivity

to the input parameters than CDC [121]. An uncertainty propagation analysis is

conducted by using the partial derivatives of the RSM and the input standard

deviations. Individual contributions of each input parameter are computed using

uncertainty propagation technique and then normalized to reveal their relative

magnitude. Figure 6.60 depicts the relative effects of each input parameter (tem-

perature and pressure at intake valve closing (Tivc, Pivc), PFI fuel mass

(PFIFuelMass), EGR, cylinder temperature (CylTemp), direct injected fuel mass

(CRFuelMass)) on IMEP, CA50, gross indicated efficiency (GIE) and peak PRR for

the HCCI and RCCI combustion engines. The figure depicts that the cyclic vari-

ability are introduced mainly from four sources: trapped gas temperature, PFI mass,

DI mass and EGR%. Cylinder surface temperature shows modest effect on cyclic

variability in HCCI and RCCI combustion. Combustion chamber pressure at intake

valve closing (IVC) has only small contribution to the variation in RCCI combus-

tion, but it is a significant factor in cyclic variation HCCI combustion [121]. The
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combustion phasing (CA50) in HCCI is influenced by four main inputs: TIVC, PIVC,

EGR% and cylinder surface temperature. Even though PFI fuel mass has very

strong effect on IMEP and PPRR, it has a minimal effect on CA50. It can also be

noticed that none of the four main parameters that affect the HCCI cyclic variability

can be controlled on a cycle-to-cycle basis and each parameter can have cycle

coupling effects [121]. In RCCI combustion, CA50 cyclic variations have three

main contributors, namely, TIVC, CR fuel mass and EGR%.

It is concluded that accurate and consistent fuel delivery systems are essential to

enable the advantages of LTC modes in production engines. Additionally, it is

required to manage the temperature and EGR sensitivity in engines. To control the

temperature and EGR sensitivity, development of predictive control strategies is

required to adjust fuelling on a cycle-to-cycle basis [121].

6.5.2 Characterization of Cyclic Variability

6.5.2.1 Effect of Operating Parameters and Combustion Modes

Cyclic variations in HCCI combustion are analysed by different statistical and

chaotic approaches. Different types of patterns were observed in the cyclic

Fig. 6.60 Normalized

contribution to variations in

output parameters (IMEP,

CA50, GIE and PRRR) by

various input parameters in

(a) HCCI and (b) RCCI

engines [121]
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variations of different combustion parameters in HCCI engines. Figure 6.61 illus-

trates the three distinct patterns in cyclic variations of start of combustion (SOC),

Pmax and IMEP in HCCI combustion. Patterns observed in Fig. 6.61 demonstrate

that cyclic variations in HCCI combustion are not always a random (unstructured)

event. Figure 6.61a shows the normal variation pattern that occurs more frequently

in HCCI combustion [102]. These variations do not follow a definite structured

pattern. Figure 6.61b depicts almost periodic pattern, which is oscillating within

two limits. This periodic variations can be due to oscillating equivalence ratio of

charge supplied to engine [102]. A cyclic variation pattern with several weak/

misfired ignitions and some strong ignitions is illustrated in Fig. 6.61c. This

operating condition has large cyclic variations in SOC, Pmax and IMEP. At these

operating conditions, values of Pmax and IMEP are generally very lower at weak/

misfire cycles. The misfire/weak ignition cycles produce significant quantity of

unburned/partially burned fuel, which is recirculated to the next combustion cycle

by residuals. The recirculated partially oxidized fuel from previous misfired cycle

leads to enhanced autoignition in the next cycle [36]. This also describes the strong

ignition cycles observed after few weak cycles. The weak/misfire pattern and

periodic pattern of cyclic variations must be removed from HCCI combustion

using appropriate control strategy. The amplitude of cyclic variation in the normal

pattern must be minimized in order to control the HCCI ignition timing to a set

point. To control the ignition timings of HCCI combustion, characteristics of cyclic

variation dynamics need to be explored.

Figure 6.62 depicts the cumulative percentage of occurrence for coefficients of

variations in IMEP (COVIMEP) for different ranges of CA10, CA50 and combustion

duration (CA90�10) for 273 HCCI test conditions obtained by using gasoline,

ethanol, methanol and butanol at 1200, 1800 and 2400 rpm for different intake

temperatures and air–fuel ratio without using EGR. The cumulative percentage of

occurrence is computed by counting the number of test points out of all the test

points with CA10, CA50 and CA90�10 interval which have the same range of cyclic

variations. To illustrate the calculations, take a particular case in Fig. 6.62c. The

figure shows that 107 test points have CA90�10 between 5 and 9 CAD, and 73 out of

107 test points have COVIMEP less than 3.5%; thus, percentage of occurrence for

COVIMEP <3.5% is 68.2% for CA90�10 occurring between 5 and 9 CAD.

Figure 6.62a shows that test points with advanced CA10 have lower variations in

IMEP in comparison to the delayed CA10 positions. For 80% test points with CA10

between �5.5 and �2 CAD have COVIMEP less than 3.5%, and for 60% test points

having CA10 between �2 and 2.5 CAD have COVIMEP lower than 3.5%. Delayed

CA10 between 2.5 and 9.8 CAD have 53% test points with COVIMEP less than 3.5%

(Fig. 6.62a). The effect of combustion phasing on COVIMEP is demonstrated in

Fig. 6.62b. The figure shows that the delayed CA50 has comparatively larger cyclic

variations in IMEP. For CA50 between �4.2 and 1 CAD, 90% test points have

COVIMEP lower than 3.5%; however, CA50 later than 5 CAD has only 44% of test

conditions having COVIMEP lower than 3.5%. Delayed CA50 curve has lower

number of test points in all the ranges of COVIMEP values. There are various factors

contributing to higher cyclic variations in for delayed CA50 after TDC. These
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Fig. 6.61 Cyclic variations

patterns of IMEP, Pmax and

SOC in HCCI combustion

for (a) normal variation

(φ ¼ 0.40, Ti ¼ 121 �C,
ON ¼ 20, Pi ¼ 119 kPa,

800 rpm), (b) periodic

variation (φ ¼ 0.36,

Ti ¼ 133 �C, ON ¼ 20,

Pi ¼ 125 kPa, 1003 rpm)

and (c) variations with weak

(misfire) cycles (φ ¼ 0.42,

Ti ¼ 116 �C, ON ¼ 40,

Pi ¼ 124 kPa, 907 rpm)

[102]
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factors include [102]: (a) at delayed CA50 timings, volume expansion rate

(by piston movement) is higher leading to reduction in charge temperature which

counteracts the temperature rise due to combustion [122]; (b) at retarded CA50,

natural thermal stratification is enhanced [36]; (c) the combustion phasing becomes

increasingly sensitive to fluctuations of the charge temperature, when it is shifted

later into the expansion stroke [36]; and (d) by retarding the CA50, both combustion

efficiency and thermal efficiency decrease [116, 123] and completeness of com-

bustion also decreases with lower peak combustion temperature [36]. Additionally,

higher chamber expansion rate also lowers PRR and Pmax by delaying the oxidation

reactions, which leads to reduction in work output with possibilities of partial burn

and misfired cycles.

Figure 4.106c reveals the effect of CA90�10 on variation of IMEP, and it shows

that the larger CA90�10 has higher variation in IMEP. CA90�10 between 2.5 and

5 CAD (96% of the test points) has COVIMEP lower than 3.5%; however, CA90�10

larger than 9 CAD having only 25% of test points has COVIMEP lower than 3.5%.

Longer CA90�10 has a lower number of test points in the entire ranges of COVIMEP.

Fig. 6.62 Cumulative occurrence for COVIMEP in HCCI combustion for different (a) CA10

positions, (b) CA50 positions and (c) combustion duration (CA90�10) and cumulative occurrence

for COV of combustion duration (d) for different CA90�10 [107]
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Figure 6.62d depicts the cumulative occurrence for COV of CA90�10. The figure

shows that faster HCCI combustion (shorter CA90�10) tends to have smaller cyclic

variations in CA90�10. Larger CA90�10 curve has lower number of test points for

entire ranges of COV of CA90�10.

Figure 6.63 illustrates the variations of IMEP as a function of CA50 and CA90�10

for gasoline and ethanol at 1200 rpm. Figure shows that larger CA90�10 and late

Fig. 6.63 Variations of

COVIMEP in HCCI

combustion with

combustion phasing and

combustion duration for (a)

ethanol and (b) gasoline

[107]
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CA50 have higher cyclic variations of IMEP for both the test fuels. It is also

observed that contour lines of COVIMEP are almost horizontally inclined for

ethanol, which indicates that COVIMEP is more dependent on CA90�10 in compar-

ison to CA50.

Figure 6.64 shows the variations of COV of IMEP for different HCCI engine

operating conditions (λ, intake temperature (Ti), intake pressure, engine speed,

compression ratio (CR) and EGR). Figure 6.64a shows the effect of λ and Ti on
COVIMEP for gasoline, and COVIMEP is calculated from 2000 consecutive engine

cycle data. At particular Ti, cyclic variations (COVIMEP) increase at both engine

speeds as λ increases (leaner mixtures). For a particular mixture, COVIMEP

decreases with increase in Ti (Fig. 6.64a) because combustion temperature

increases and combustion phasing advances with higher Ti. This observation indi-

cates that combustion stability improves with increasing Ti. For comparatively

richer mixture (λ ¼ 1.8; Ti ¼ 120 �C) and very advanced timings (Fig. 6.64a),

COVIMEP starts increasing marginally as knocking combustion starts from these

operating conditions. Combustion is retarded away from TDC position at higher λ
values (lower fuelling rate) and comparatively lower Ti, which leads to very high

COVIMEP (Fig. 6.64a). This observation can be justified as follows. In HCCI

engine, combustion is governed by chemical kinetics, and oxidation reaction rates

are exponentially dependent on combustion temperature. Charge temperature

decreases during expansion stroke, which slows down the combustion reaction

rate. Thus, cyclic variation in charge temperature at TDC can lead to significant

cyclic variation in reaction rate in expansion stroke of engine. An engine cycle with

combustion phasing close to TDC is less affected by piston movement during

expansion stroke as most of the oxidation reactions occur close to TDC posi-

tion. Piston speed is also very slow around TDC, and zero at TDC position. For

engine cycle with late combustion phasing in expansion stroke is more prone to

larger cyclic variations as charge temperature decreases at higher rate (as piston

speed is higher) and reactions rates are reduces [107].

Figure 6.64b shows the effect of EGR, engine speed, intake pressure and

compression ratio (CR) on COV of IMEP. The figure shows that COVIMEP

increases with increase in engine speed (600–1400 rpm), when other operating

parameters remain constant. This is because of lower time availability at higher

engine speeds for autoignition reactions, which results into retarded combustion

phasing [98]. Figure 6.64b also shows that the COVIMEP decreases with increase in

boost pressure at constant air–fuel ratio (50). The COVIMEP decreased marginally

with decreases in CR from 16 to 11, and it increases drastically with further

decrease in CR (Fig. 6.64b) due to incomplete combustion. Similarly, with increase

in EGR, COVIMEP decreases as without EGR light/weak knocking is present, which

is suppressed by EGR. However, with increase in EGR beyond 55%, COVIMEP

increases rapidly due to retarded combustion phasing and partial misfiring

(Fig. 6.64b) [98].

Figure 6.65 illustrates the cyclic variation in CA50 and SOC with different HCCI

engine operating parameters. Figure 6.65a shows the effect of Ti and λ on the

variation of standard deviation (σ) of CA50 for gasoline. At every Ti, the cyclic
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Fig. 6.64 Variations of COVIMEP in HCCI combustion (a) at different λ and Ti at 1200 and

2400 rpm (Adapted from [107]) and (b) with EGR, compression ratio, intake pressure and engine

speed (Adapted from [98])
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Fig. 6.65 (a) Variations of σCA50
at different λ and Ti at 1200 and 2400 rpm (Adapted from [107])

and (b) variations of standard deviation of SOC at different intake temperatures, intake pressures,

engine speeds and coolant temperatures in HCCI combustion (Adapted from [102])
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variation (σCA50
) decreases as the mixture becomes richer (decrease in λ) for both

speeds and σCA50
decreases with increase in Ti at particular λ (Fig. 6.65a). At very

rich fuel–air mixture and advanced combustion phasing (λ ¼ 1.8; Ti ¼ 120 �C),
σCA50

starts increasing because of knocking combustion in the cylinder. Figure 6.65b

shows the cyclic variation of SOC with different HCCI engine operating conditions

and SOC is calculated from third derivative of pressure data [102]. Figure 6.65b

shows that cyclic variations are higher at lower intake temperatures. This trend can

be justified by a combination of three main effects. First, cyclic variations of

residual gas temperature lead to cyclic variations in the core charge temperature

which results into variations in autoignition process [36]. Higher Ti increases the

charge temperature, and thus similar residual gas temperature variations affect to a

lesser degree. Second, SOC is advanced near TDC at higher Ti and thus lower cyclic
variations is expected. Third, combustion duration is longer at lower Ti, and longer

combustion duration is expected to have higher cyclic variations (Figs. 6.62 and

6.63).

Cyclic variation of SOC increases with a reduction in the coolant temperature

(Fig. 6.65b). Lower cooling temperature enhances the wall heat transfer, and cold

thermal boundary in the cylinder expands, where partial burning takes place. At

lower coolant temperature, thermal stratification in the combustion chamber

increases, which makes the HCCI combustion more sensitive towards the variations

of wall temperature [102, 124]. Additionally, variations in the heat transfer increase

the chances of higher cyclic variations at lower coolant temperature [102]. Study

further indicated that cyclic variations of SOC are more sensitive to variations in the

intake temperature in comparison to the variation in coolant temperature, while

cyclic variation of combustion duration shows higher sensitivity to the coolant

temperature in comparison to the intake temperature [102]. This study also showed

that effect of both engine speed and intake pressure on the cyclic variations of SOC

is heavily depended on the location of SOC with respect to TDC. Increasing intake

pressure and decreasing engine speed lead to the advance SOC, and cyclic variation

of SOC decreases (Fig. 6.65b). Cyclic variation of SOC is affected mainly by a

combination of three factors: (i) location of SOC, (ii) combustion duration and (iii)

secondary effects (thermal and compositional inhomogeneities) [102]. The operat-

ing parameters affecting these factors will affect the cyclic variations in SOC.

Figure 6.66 shows the cyclic variation of CA50 in RCCI combustion at different

engine operating conditions. Figure 6.66a shows the variations of standard devia-

tion of CA50 for different diesel mass fractions in RCCI combustion for gasoline/

diesel (G/D) and methanol/diesel (M/D) RCCI combustion. The zero diesel fraction

represents the HCCI conditions using gasoline and methanol, respectively.

Figure 6.66a shows that the cyclic variations in M/D RCCI are significantly higher

than G/D RCCI due to lower reactivity of methanol. The RCCI combustion strategy

with a small quantity of diesel injection drastically lowers cyclic variations as

compared to pure gasoline or pure methanol HCCI combustion. This is particularly

observed at constant Tivc as at Tivc ¼ 405 K, standard deviation of CA50 decreases

from 2.5 to 0.8� CA only by injecting 20% diesel in G/D RCCI combustion
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Fig. 6.66 (a) Effect of diesel mass fraction on variation of CA50 in G/D and M/D RCCI

combustion, (b) effect of injection pressure and intake pressure variation of CA50 in G/D RCCI

combustion and (c) effect of combustion modes on variation of CA50 at IMEP 5.9 bar and

1900 rpm (Adapted from [125])
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(Fig. 6.66a). This is attributed to advanced combustion phasing with addition of

diesel and increased reactivity of mixture. However, the advantage of diesel

injection on reduction of cyclic variability for M/D is not as notable as that for

G/D RCCI combustion [125].

Figure 6.66b shows the effect of intake pressure and injection pressure on cyclic

variations of RCCI combustion. Cyclic variations in CA50 decrease with increase in

intake pressure (Fig. 6.66b). The LTHR process is strongly enhanced by increase in

boost pressure. Stronger LTHR in the cylinder leads to the higher charge temper-

ature rise rate before the occurrence of HTHR. Higher charge temperature rise rate

before HTHR compensates for variations in charge temperature [126], which

results into lower sensitivity of CA50 to variation in compression temperature.

This leads to lower cyclic variations in combustion phasing [125]. Figure 6.66b

also demonstrates that combustion stability improves with increase in the injection

pressure of direct injection diesel in RCCI combustion. Figure 6.66c compares

cyclic variations in combustion phasing for the different combustion modes. Fuel is

directly injected with same fuel injection strategy for diesel and gasoline PPC. To

obtain desired combustion phasing, Tivc is adjusted for different combustion modes.

For the same CA50, variations of CA50 are lower in gasoline PPC in comparison to

gasoline HCCI (Fig. 6.66c) due to locally rich gasoline mixture in PPC engine

(by direct injection of gasoline leading to fuel stratification), which lowers the

sensitivity of ignition timing to variations in Tivc [125]. This leads to lower cyclic

variations in PPC engine. Cyclic variations of CA50 of diesel PPC are higher than

that of gasoline PPC as same CA50. In order to keep constant CA50, extremely low

Tivc should be used for diesel PPC. The RCCI combustion (with 60% diesel)

exhibits the slowest variations of CA50 among all the combustion modes

(Fig. 6.66c). The moderate Tivc and the appropriate fuel reactivity are the major

factors for the lower cyclic variations in G/D RCCI combustion compared to diesel

PPC and gasoline HCCI combustion [125].

6.5.2.2 Return Maps

The return maps are often used as qualitative tool to evaluate the inherent deter-

ministic interaction cycles of combustion events [127, 128]. Return map is a tool to

identify the probable interaction between different engine combustion parameters

of a particular combustion cycle and its next consecutive combustion cycle. In

random time series of combustion events, consecutive combustion cycles are not

interrelated, and the return map depicts an unstructured cloud of data points

collected around a fixed point. In case of deterministic coupling between combus-

tion events, the return map depicts more structures (as a function on the graph

depending on correlation) such as dispersed data points about a diagonal line

[129]. Return maps plot pairs of successive time series values of combustion

parameters versus each other (crank angle position for maximum pressure (θPmax)

and heat release value for cycle i versus cycle i þ 1 are plotted in Fig. 6.67). Each

cycle data point relates to the next cycle through the general statistical picture of the

6.5 Combustion Instability and Cyclic Variations 335



whole cycle interrelation using return map plots [130]. Figure 6.67 shows the return

maps for HCCI combustion parameters using two different PRF fuels (ON 3 and 7)

using θPmax
and heat release. Return maps result for θPmax

, and heat release for octane

number (ON) 3 shows an unstructured cluster of circular data gathered around a

fixed point (Fig. 6.67a, c), which suggests the stochastic variation in combus-

tion parameter, which indicates the combustion being stable. At higher octane

fuel (ON7), fixed concentrated points destabilize in certain direction of return

map, and data points scatter over diagonal line (Fig. 6.67b, d). The structured

patterns noticed in the data can be attributed to the deterministic coupling between

consecutive combustion cycles [127, 131].

Figure 6.68 shows the return map of CA50 for different λ and Ti in HCCI

combustion at 1500 rpm. The return maps in Fig. 6.68a show a circular cloud of

combustion phasing for leaner mixtures (showing stochastic component), and the

combustion phasing distribution becomes flat along the diagonal line for rich

mixture. It is difficult to find correlation by this graph for rich mixture as skewed

distributions can also produce dispersed data, which makes the interpretation of

return maps complicated. Additional issue with return maps is the difficulty of

Fig. 6.67 Return map of (a) θPmax
using ON3, (b) θPmax

using ON7, (c) heat release using ON3 and

(d) heat release using ON7 in HCCI combustion at 1000 rpm and manifold temperature 38 �C
(Adapted from [127, 131])
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Fig. 6.68 Return maps for CA50 with lag of one cycle for different (a) λ and (b) Ti in HCCI engine

at 1500 rpm in HCCI combustion (Adapted from [24, 133])
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finding an objective test to evaluate whether a statistically significant degree of

correlation is present in the data [132]. A solution to these problems is to construct

return maps of quantile values of combustion timing instead of CA50 timing values.

To convert the data set (N values) into quantile values, values of parameters are

replaced according to value such as smallest CA50 value is replaced by number 1/N,
the next smallest CA50 value is replaced by the number 2/N and the largest CA50

timing value is replaced by the number N/N, or 1 without disturbing the sequence of

consecutive combustion cycles. Entire data set is now converted to values between

0 and 1 during quantile conversion process, and in this process highly skewed

distribution is converted to a uniform distribution of data points evenly distributed

between 0 and 1 [132]. An uncorrelated time series of combustion parameters has

the quantile return map with uniform density of data points, while correlated

combustion cycles have non-uniform (higher and lower) densities of data

points [132].

Return maps of quantile combustion timings are also shown corresponding to

return maps in Fig. 6.68. The figure shows that in leaner mixtures cases, the quantile

CA50 timing data points are distributed in the entire map space and for rich mixture,

data points are distributed with uneven density areas with higher and lower densi-

ties. This observation suggests the deterministic behaviour during rich mixture

engine operation. Figure 6.68b also shows the similar pattern. At lower intake air

temperatures, the data points are distributed in the entire map space, and at higher

intake air temperature, the data points are distributed with non-uniform densities of

data points. This indicates a deterministic dependency on the previous cycles as

intake air temperature increases at very advanced combustion phasing. This deter-

ministic dependence between combstion cycles can be explained by thermal cou-

pling possibly due to hot residuals and wall heat transfer.

6.5.2.3 Normal Distribution Analysis

Statistical techniques are another common approach for analysing the cyclic vari-

ations in combustion parameters. The cyclic data of consecutive engine cycles at a

particular operating conditions can be utilized to form a probability distribution.

The most common probability distribution often used to characterize measured data

is the normal distribution [134]. The normal probability plot is a graphical method

to evaluate whether or not a particular data set follows a normal distribution. The

experimental data points are plotted against a theoretical normal distribution. The

normally distributed data typically makes an approximate straight line in the graph.

The level of deviations from straight line is considered as deviation from the normal

distribution. Figure 6.69 shows the normal probability plots for combustion dura-

tion for HCCI combustion operating at knocking, misfire and stable conditions.

Figure 6.69 depicts a large deviation from the normal distribution for the HCCI

operating conditions in knocking (RI ¼ 12.9 MW/m2) and misfire range

(COVIMEP ¼ 12.55%). A stretched C shape distribution in knocking

range (Fig. 6.69a) and a V shape distribution in misfire range (Fig. 6.69b) is
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Fig. 6.69 Normal

probability plots for

combustion duration (a)

knocking, (b) misfire and

(c) normal stable conditions

in HCCI engine (Adapted

from [107])
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observed in normal probability plots. [107]. In the stable HCCI condition, distribu-

tion is close to normal distribution line (Fig. 6.69c). Assuming a normal distribution

for the random component of the data set, deviations from the normal distribution

are indicative of possible deterministic components in the data [134]. This suggests

deterministic patterns in the CA90�10 data during knocking and misfire conditions,

which can be used to control purposes by modelling and prediction.

6.5.2.4 Wavelet Analysis

Wavelet analysis is a powerful method for identifying the dominant modes of

variability in a time series and to describe how these modes vary in time. Hence,

it is particularly useful for analysing transient and intermittent processes. Wavelet

analysis has been successfully used to determine the combustion variability in

conventional as well as advanced combustion modes [135–139]. In the wavelet

spectrum, few patterns persist over hundreds of engine combustion cycles at

nominally stable conditions, showing long-term structure in the engine dynamics,

especially coupled with its control systems and environment, in ways not normally

seen using methods that favour short time scales [140]. Figure 6.70 shows wavelet

power spectra (WPS) of the heat release time series in HCCI combustion. A

complex Morlet wavelet of order 6 as the mother wavelet is used to analyse the

time series. In this case, the scale is approximately equal to the Fourier period. The

WPS is calculated using a continuous wavelet transform (CWT). The horizontal

axis depicts the number of engine cycles, and the vertical axis shows the period in

cycles. The region below the thin U-shaped curve represents the cone of influence

(COI) and only outside the COI result is reliable [135]. Colours denote the WPS

power levels.

Figure 6.70 depicts the following small-amplitude, low-frequency periodicities:

(i) a band around the 430-cycle period persisting between 625 and 2250 cycles,

(ii) a band around the 315-cycle period spanning approximately 1500–2300 cycles

and (iii) a band around the 110-cycle period ranging from 1650 to 2050 cycles

[135]. The persistent structure is noticed over very long time scales, so long that

Fig. 6.70 Wavelet power spectra (WPS) of the heat release time series in HCCI combustion

(Adapted from [135])
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they most likely correspond more to the effects of long-term system variations such

as temperature changes or slow chemical reservoir oscillations and less on internal

cylinder feedback mechanisms [140].

6.5.2.5 Symbol Sequence Statistics

The nonlinear dynamics and chaos theory have been used to develop several

mathematical techniques for deriving important inferences from the time-series

data. A very useful method for time-series data analysis is known as “symbol

sequence statistic method”. This method gives important insights into the behaviour

noticed for different combustion parameters in an engine operation. The presence of

determinism in cyclic variation implies that intelligent control of the system could

be a potential approach to extend the limits of engine operation significantly

[78]. Intelligent controllers can effectively use the deterministic information

for engine control, and small variation in control input parameters/actuators can

shift back the engine to stable operating conditions [141]. Symbol-statistics pre-

dictive approach is used for controlling cyclic variations in a HCCI engine

[131]. Symbolization of engine combustion data can very useful and effective in

identifying the cyclic pattern in the combustion parameters for noisy measured data

and data having measurement errors. Symbolization can also evaluate the deter-

ministic effect of previous combustion cycle accurately for properly selected

partition number. Symbol sequence technique can also act as data compression

strategy, and leads to fast data processing at the time of data logging. Due to these

characteristics, it can act as effective tool for real-time control and on-board

diagnostics of HCCI engine [142].

Symbolization is a beneficial technique to distinguish the patterns in series of

engine cycle-based combustion data. Symbolization transforms the combustion

data into discrete bins that are denoted by a particular symbol. Figure 6.71 illus-

trates the symbolization method using binary partition and calculation of relative

frequency of occurrence of particular symbol using IMEP data for 1500 consecu-

tive HCCI engine cycles. The IMEP data time series is separated into two equi-

probable partitions (which means equal number of data points in every partition),

and each partition is represented by symbol 0 and 1 (Fig. 6.70a). This is the simplest

partition to convert the data into a binary series of 1500 length. However, more than

two partitions can be used for any data, but higher number of partition may contain

higher noise. Relative frequency of particular sequence length is calculated from

symbolized time series. Figure 6.70b shows the relative frequency (estimated from

symbolic time series) of occurrence of symbols for sequence length 8. For binary

partition, total 28 or 256 possible combination of sequence using eight sequence

lengths by symbol 0 and 1, and all the 256 sequence numbers are presented in

decimal format (shown on x-axis of Fig. 6.70b). Relative frequency is the ratio of

number of occurrences to the total number of possible occurrence for that sequence

length. This relative frequency is plotted on y-axis (Fig. 6.70b) for each 256 num-

bers. Relative frequency of occurrence of exactly random sequences is equal
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because of equiprobable partitioning. For a sequence length (Y) and number of

partition (X), the random frequency (Fr) of occurrence can be calculated as

Fr ¼ (1/X)Y. Random frequency estimated for purely random data is plotted as

thick line in the figure. Relative frequency values significantly above the random

frequency line show deterministic structure and cyclic correlation in experimental

data series [142]. Relative frequency peaks above baseline random frequency

(Fig. 6.70b) depict the repeating deterministic events in time series. Figure 6.70b

Fig. 6.71 Illustration of (a) binary partition symbolization and (b) symbol sequence histogram for

sequence length “8” at λ ¼ 2.6 for IMEP in HCCI engine (Adapted from [143])
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shows that sequence numbers have higher frequency than background random

frequency but few sequence numbers have significantly higher and noteworthy

frequency. For example, numbers 8, 17, 26, 34, 85, 170, 238, etc. (their

corresponding numbers in binary 00001000, 00010001, 00011010, 00100010,

01010101, 10101010, 11101110, respectively) have relatively higher frequency.

In symbol sequence method, choosing optimal sequence length is required to

find significant determinism in the data. A modified form of Shannon entropy is

used to quantify the deviation of symbol statistics from randomness [141]. Shannon

entropy value “1” indicates truly random data with no deterministic structure.

Shannon entropy values lower than “1” indicates inherent deterministic structure

and correlation between sequential points. Shannon entropy can be utilized to find

the optimal sequence length for calculating symbol sequence histogram for esti-

mation of deterministic structure in combustion data. The modified Shannon

entropy Hs is calculated by Eq. (6.33).

Hs ¼ 1

lognseq

X
k

pklogpk ð6:33Þ

where pk is the probability with which sequence “k” occurs and nseq is total

number of sequence with non-zero probability. Figure 6.72a depicts the variations

in modified Shannon entropy calculated using IMEP data series at different λ for

different sequence lengths using binary partition. Highest presence of determinism

in data series is represented by lowest value of Shannon entropy at particular

sequence length. Sequence length with minimum Shannon entropy can be consid-

ered as the optimal sequence length. Figure 6.72a shows that Shannon entropy

depends on sequence length and λ. Minimum Shannon entropy is around 8 sequence

length for most of the test conditions using binary partition (Fig. 6.72a). This

observation indicates that for effective control strategy, controller must take eight

previous cycles into consideration, while using binary partition for experimental

data series.

In symbol sequence method, optimal combination of number of partition and

sequence length is required for effective control strategy. To estimate the optimal

combination of number of partition and sequence length, a matrix of values ranging

2–10 is evaluated (Fig. 6.72b). Figure 6.72b shows that minimum entropy is for

partitions “8–10” at sequence length “3”. For binary partition, optimal sequence

length is around “8”. Higher number of sequence length need more memory of

previous engine cycles. Due to memory issue of controller and better insight in

pattern, higher number of partitions can be selected. If controller uses octal parti-

tion, then three previous cycles should be taken into consideration.

Figure 6.73 shows the symbol sequence histograms of CA50 for different λ and

intake air temperature using octal partition and sequence length of 3 at 1500 rpm in

HCCI combustion. Figure 6.73b shows that frequency of sequence number

increases more above the red line as mixture becomes richer (lower λ), which
indicates the inherent deterministic structures as mixtures become richer. The

sequence code occurring more frequently with higher frequency are 0, 8, 16, 64,
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128, 276 and 511. Figure 6.73a depicts the symbol sequence histograms of CA50 for

different intake air temperatures. The frequency of sequence number increases

more above the random frequency line with increase in the intake air temperature.

This suggests the increase in deterministic behaviour with increase in temperature

at constant λ.

Fig. 6.72 (a) Modified Shannon entropy variation using binary partition for IMEP and (b)

variation of modified Shannon entropy with sequence length and number of partition for IMEP

at λ ¼ 2.0 in HCCI engine (Adapted from [143])
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Fig. 6.73 Symbol sequence histograms of CA50 in HCCI combustion at 1500 rpm using octal

partition and sequence length 3 for different (a) intake temperatures and (b) λ (Adapted from

[24, 133])
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Fig. 6.73 (continued)
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6.5.3 Sensing and Control

Understanding the cyclic variations of combustion timing with varying HCCI

operating conditions is a necessary step for effectively controlling of the engine.

For effective control of HCCI engine, first step is to determine a comprehensive

ignition timing metric that is applicable over wide range of operating conditions

especially in partial burn regions [127]. The complex dynamics of HCCI combus-

tion in the partial burn operating region needs control for avoiding misfire

[144]. For developing control strategy to avoid misfire/partial burn region, under-

standing of the HCCI engine characteristics during partial burn region is required.

In-cylinder pressure [145], ionization current [146] and crankshaft angular speed

[147] signal from engine are typically used for partial burn cycle recognition.

Cylinder pressure-based methods are more accurate and widely used in engine

research.

A study compares two combustion timing parameters (θPmax
and CA50) as online

method in order to find and determine accurate and robust method for HCCI

combustion timing, which can be used over a wide range of operating conditions

for both normal and partial burn operating conditions [148]. In this analysis,

329 different engine operating conditions are used. Metric θPmax
is used as ignition

timing parameter because it is easy to calculate and requires minimum computa-

tional resources [149]. Figure 6.74 compares the cyclic variations of ignition timing

for two criteria of θPmax
and CA50 in HCCI combustion. The figure shows that the

cyclic variation of θPmax
is higher than CA50 which means θPmax

has higher

sensitivity. In particular θPmax
registered one cycle of early ignition timing when

misfire occurs at cycle 44, while CA50 does not able to capture. Validity of these

Fig. 6.74 θPmax
and CA50 of consecutive cycles for HCCI combustion for PRF 0, speed¼ 1000 rpm,

Ti ¼ 100 �C, ϕ ¼ 0.57, EGR ¼ 0% and Tcoolant ¼ 75 �C (Adapted from [127, 148])
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criteria is further confirmed by analysing correlations between θPmax and Pmax,

CA50 and IMEP. The θPmax
is found to be a good ignition timing criteria to

differentiate between normal and misfire operation in HCCI engine [148]. The

CA50 is found to be a poor measure of cyclic variations, when the standard

deviation of CA50 is greater than 2 CAD.

It is essentially required to be able to correctly identify partial burn operating

conditions in order to develop a robust ignition timing methods. The COVIMEP is

typically used as measure of cyclic variability of engine parameters [150], and to

determine the partial burn with IMEP, several criteria have been developed

[126, 150, 151]. For example, a standard deviation of IMEP more than 2% indicates

the appearance of partial burn and misfire cycles [126]. Using these criteria, a study

found that COVIMEP is not a reliable parameter in recognizing high cyclic variation,

and it is found that several conditions with higher COVIMEP have few or zero partial

burn cycles [150]. A partial burn cycle is defined as when the total heat release is

less than 90% of previous cycle [126]. Using these criteria, another study defined

HCCI operating conditions as partial burn operating conditions when it has more

than 14% partial burn cycles [151] and misfire operating conditions, when it

contains more than 30% partial burn cycles [152]. Investigation of cyclic variations

in CA1, CA10, CA50 and burn duration (BD) to identify misfire operating conditions

found that CA1 (crank angle position of 1% heat release) and CA50 are not effective

metrics for HCCI misfire recognition [152]. However, cyclic variations of CA10 and

BD are effective measures of misfire recognition, and it can be used as alternative

metric to COVIMEP for identifying normal, partial burn and misfire HCCI operating

conditions. A study compares the several crank angle-based methods (CA50, overall

CA10, CA10 for main heat release, third derivative of pressure with single and two

limits) for the estimation of SOC in stable and unstable engine operating conditions

[150]. This study found that criterion CA10 based on the main stage heat release is

effective for all engine operating conditions.

Several actuation strategies that affect combustion timings can be used to control

the HCCI cyclic variations such as intake air preheating, variable compression ratio,

EGR, multi-fuel and multiple injection strategies (detailed discussion in Chap. 5). A

study developed a control strategy based on symbol-statistics predictive approach

for controlling cyclic combustion timing variations [131]. Another study developed

a simple controller, designed using a linearized model, which improves the system’s
disturbance rejection characteristics by transforming the negative eigenvalue into a

positive one, and controller reduces both the magnitude and frequency of oscilla-

tions in combustion timing on a cycle-to-cycle basis [153]. Detailed discussion on

control strategies and algorithms is presented in Chap. 9.
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Chapter 7

Performance Characteristics

Abstract Low temperature combustion (LTC) engines use emerging combustion

strategies that offer the potential for higher fuel conversion efficiency along with

ultralow NOx and PM emissions. This chapter presents the performance character-

istics of LTC engine employing gasoline-like fuels. The LTC operating range is

typically constrained by several limiting factors such as combustion noise, com-

bustion instability, maximum cylinder pressure, oxygen availability, excessive

reactivity and emission limits. Present chapter describes the operating range

(in terms of engine speed and load) achieved by different LTC strategies (HCCI,

PPC and RCCI) within operating limitations. Performance parameters such as

thermal efficiency, fuel consumption and exhaust gas temperature are discussed

for utilization of different fuels in LTC engines. Experimental data showed that

high octane fuels can be best utilized in compression ignition engines with higher

fuel conversion efficiency (~ 57% indicated thermal efficiency). Maximum indi-

cated mean effective pressure (IMEP) up to 20 bar with well-mixed HCCI com-

bustion and IMEP up to 25 bar in PPC strategy can be achieved, while keeping the

NOx and soot level below Euro VI limits and ringing intensity (RI) in acceptable

level. The dual-fuel RCCI combustion also showed more than 58% indicated

thermal efficiency.

Keywords LTC • Ethanol • Efficiency • Gasoline • IMEP • RCCI • PPC • HCCI •

Operating range • Methanol • Ringing intensity • Knock • Misfire • Cyclic

variations

7.1 LTC Operating Range

Automotive vehicles operate over a wide range of speed and load conditions along

with transient operating conditions. Therefore, it is essential to operate the engines

used in the vehicles over a significantly large range of engine speed and load

conditions (considering the gear ratio of transmission system of vehicle). In fully

premixedLTC strategies (such asHCCI), engine load range obtained is comparatively

very low due to leaner air–fuel mixture (dilution by air or EGR) operation in order to

control the combustion rate and NOx emissions. In LTC strategies, maximum
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achievable engine load is limited by several constraints depending on the approach

used to achieve combustion in the engine cylinder. The LTC engine operating

limitations and LTC operating range are discussed in the following sections.

7.1.1 Operating Limitations

7.1.1.1 Ringing and Combustion Noise Limits

In the well-premixed charge compression ignition (like HCCI), very high heat

release rate occurs due to simultaneous autoignition of the entire charge in the

cylinder. High heat release characteristics of HCCI combustion result into very

high-pressure rise rate. Thus, induced combustion noise from HCCI engine can be

very high. Maximum achievable engine load is often limited by very high combus-

tion rate. To operate the engine at higher load, comparatively larger quantity of fuel

is burned in the cylinder, which increases and intensified the HCCI combustion rate

and progressively leads to unacceptable noise due to severe knocking in the

cylinder. These phenomena can cause engine damage during longer operation,

and also lead to higher NOx emission. Therefore, higher HCCI engine load limits

are often determined by knocking combustion limits. Detailed discussion on HCCI

engine knock is given in Sect. 6.4.1 of Chap. 6. Pressure rise rate in the combustion

chamber provides a measure of combustion noise. Maximum acceptable threshold

limit of pressure rise rate is not able to capture the real combustion noise in some of

HCCI engine operating conditions such as higher intake pressure operating

conditions [1].

Analysis of the relation between combustion-generated pressure waves and the

audible noise in HCCI engine showed that combustion-generated pressure oscilla-

tions lead to vibration of engine structure, which produces audible noise, and the

phenomenon is known as ringing [2]. Ringing process in HCCI is basically different

from knocking which occurs in spark ignition engine due to autoignition of end-gas

unburned charge. In HCCI combustion, autoignition occurs uniformly in the entire

combustion chamber. Pressure waves created by both knocking and ringing can be

captured by cylinder pressure sensor installed in the combustion chamber. Typi-

cally, most of the acoustic wave energy during ringing is in the frequency range of

5–6 kHz while in case of knocking more energy in the frequency range of 8–25 kHz

[3]. Pressure oscillation amplitude in HCCI combustion is larger, and it could be an

order of magnitude higher in comparison to SI engine combustion knocking.

Engine cylinder liner can attenuate the pressure wave energies less than 8 kHz

in the significant amount [2], which creates the difficulty in ringing detection by

externally mounted sensors.

The correlation for ringing intensity is given by Eq. 6.12 in Chap. 6. The ringing

intensity (RI) considers the peak pressure rise rate, peak in-cylinder pressure,

maximum temperature, and engine speed for calculation, and thus, it is a more

generic metric than pressure rise rate. Detailed discussion on knock metric is
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provided in Sect. 6.4.2 of Chap. 6. Table 6.2 describes the various cylinder

pressure-based metrics used for defining HCCI high load limit along with their

limiting value. Acceptable RI value mostly used is less than 5 MW/m2 [4–6] and in

some of the studies 5 MW/m2 [4–6].

Peak pressure rise rate is another method to quantify the harshness of HCCI

combustion. A time-based peak pressure rise rate threshold is proposed, and

recommended value of peak pressure rise rate is less than 5 MPa/ms for normal

HCCI combustion [7]. This study concluded that sound emitted from the structural

vibration is excited by the first few pressure waves of cylinder gas vibration and it

was not due to the transmission of the cylinder pressure wave through the engine

structure. Peak pressure rise rate threshold value of 5 MPa/ms is used to define the

high load limit in HCCI engine in recent studies [8, 9]. In terms of crank angle

position, maximum acceptable peak pressure rise rate is often used in the range of

5–12 bar/CAD depending on the engine speed.

7.1.1.2 Combustion Instability Limits

In combustion stability limits, two types of constraints can be defined as misfire

limit and cyclic variability limits. Misfire cycle appears when fuel is not able to

reach high temperature heat release process due to insufficient conditions required

in the cylinder for autoignition. Large amount of unburned fuel emitted and very

small amount of power or no power are produced in misfire or partial burn cycles.

Figure 7.1 demonstrates the partial burn and misfire cycles in an unstable HCCI

engine operating conditions. Section 6.5.3 of Chap. 6 provides the criteria for

determination of partial burn and misfire cycles. Typically, a combustion cycle is

defined as partial burn cycle if it has less than 90% total heat release of the previous

cycle [10]. Using these criterion, another study defined HCCI operating conditions

as partial burn operating conditions if it consists of more than 14% partial burn

cycles and misfire operating conditions when it contains more than 30% partial burn

cycles [11].

Fig. 7.1 Cylinder pressure and IMEP variations in HCCI combustion at an unstable engine

operating condition for 300 consecutive engine cycles [3]
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Misfire operating condition puts a constraint on maximum achievable engine

load in HCCI combustion. To avoid the excessive ringing, HCCI engine is operated

at retarded combustion phasing at higher engine loads in order to burn higher

amount of fuel. In some of the test conditions, it is required to delay the combustion

phasing (late in the expansion stroke) close to misfire point [3]. At this point, misfire

occurs due to a quenching of oxidation reactions before the high temperature heat

release. Quenching of oxidation reactions occurs due to low temperature of charge

in cylinder because of cylinder volume expansion by movement of piston [12].

The relative pressure fluctuations in the intake manifold are expected to decrease

in the HCCI engine due to its unthrottled operation leading to lower cylinder

temperature and turbulence fluctuations. The spark ignition combustion is very

sensitive to the local charge conditions such as air–fuel ratio, turbulence and mean

velocity because ignition starts from a small kernel created between the spark plug

electrodes. However, HCCI combustion is much less sensitive to the local charge

conditions because ignition occurs in multiple ignition kernels, which results in

lower cyclic variations in combustion parameters [13]. However, cyclic variations

can be quite large in some of the operating conditions particularly at late combus-

tion phasing operations. Retarding the combustion is more difficult at higher engine

speeds as time window for proper combustion is smaller. Detailed characterization

of cyclic variability in LTC is provided in Sect. 6.5.2 of Chap. 6. Researchers found

that there is lower risk of misfire for the engine operating conditions where

coefficient of variation (COV) of IMEP is below 3.5% [1, 13, 14]. At lower engine

loads near idle operation, combustion is limited by the standard deviation (STD) of

IMEP instead of COV, and the limit is 15 kPa of IMEP for stable combustion

[13, 14]. In some of the studies, stable engine load is defined as the operating

conditions where standard deviation of IMEP is below 2% [15].

7.1.1.3 Emission Limits

Engine operating conditions with excessively high emissions or very lower overall

efficiency should be avoided. The engine control system design may consider these

operating limitations as part of its control strategy [3]. Unburned HC and CO

emissions are higher in HCCI engine for engine operating conditions leading to

lower combustion temperature like lean mixture operation or excessively delayed

combustion timing (detailed discussion is provided in Sects 8.2 and 8.3 of Chap. 8).

Soot emissions are generally ultralow in HCCI combustion; however it can be

important for other LTC strategies, where fuel stratification is used to extend the

engine operating load range such as PPC and RCCI. Soot emission limits are also

required to define in HCCI combustion where direct injection is used for premixed

charge preparation. A HCCI combustion study used filter smoke number (FSN)

limit for maximum soot level which is 0.1 FSN for a single operating point and 0.05

FSN for the average results from a complete speed and load range test

[1, 13]. Detailed soot emission characteristics are discussed in Sect. 8.4.1 of

Chap. 8. At richer fuel–air mixture or advanced combustion phasing operating
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conditions, NOx emissions are higher in LTC combustion (detailed discussion can

be found in Sect. 8.1 of Chap. 8). Typically in HCCI engines (well-mixed homo-

geneous charge), the ringing limit is encountered before the NOx limit [3].

7.1.1.4 Maximum Cylinder Pressure Limits

Maximum cylinder pressure limit is normally a design consideration with respect to

stress produced in various engine components. These limits are specific to engine

and typically provided by the engine manufacturer. There is risk for structural

damage of the engine when this design limit is exceeded at particular engine

operating condition. The maximum cylinder pressure limits are evaluated by the

high-pressure operation capacity of several engine components such as the piston

rings and head gasket that can fail at extreme pressure in the cylinder [3]. The

maximum cylinder pressure can become a limiting factor in several engine operat-

ing conditions such as (1) high intake pressure along with high equivalence ratios,

(2) excessive ringing, (3) very advanced combustion phasing and (4) more fuel

present in a given cycle due to previous misfiring cycle [3].

7.1.1.5 Excessive Reactivity Limits

High load operation in HCCI engine can be limited by excessive reactivity of fuels

due to autoignition of charge before the desired combustion phasing. Advanced

combustion phasing may lead to very high-pressure rise rate and high peak cylinder

pressure. To achieve autoignition in HCCI engines, several techniques are used

such as higher compression ratios, higher intake temperature and pressure, retaining

hot residual gas in cylinder or using higher reactivity fuels. Fuels having significant

amount of low temperature heat release (LTHR) or intermediate temperature heat

release (ITHR) reach more easily to excessive reactivity limits because these fuels

can autoignite before desired ignition timing as high reactivity fuels have require-

ment of low intake temperature [3]. Detailed discussion on single- and two-stage

heat release fuels along with their autoignition chemistry is provided in Sect. 2.2.2

of Chap. 2. Single-stage heat release fuels like ethanol, methanol and iso-octane,

having little or no LTHR and ITHR, require higher intake temperature and pressure

for autoignition and thus may never face the excessive reactivity limit.

Fuels like gasoline show less reactivity (like single-stage fuel with no LTHR or

ITHR) in naturally aspirated conditions or lower intake pressures. At higher intake

pressure, gasoline shows higher reactivity and more Φ sensitivity (Fig. 2.15;

Chap. 2). Therefore, gasoline requires lower intake temperature for autoignition

at desired combustion phasing in HCCI engine at higher intake pressure. Figure 7.2

shows the intake temperature requirement as function of combustion phasing for

different intake pressure using gasoline. Figure 7.2 depicts that the requirement of

higher intake temperature is reduced to achieve a particular combustion phasing at
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higher intake pressure. At higher intake temperature, the excessive reactivity limit

can be encountered for these conditions.

At lower engine speeds, high reactivity fuels with LTHR can have intake

temperature requirement below ambient temperature, which is impractical operat-

ing condition [16]. EGR can be used to address this issue and manage the amount of

LTHR with engine speed. The EGR is found to an effective method for controlling

the amount of LTHR over a wide range of engine speeds in HCCI combustion

[16, 17]. Practically, intake temperature can be used to control the combustion

phasing up to the air temperature (typically 60 �C) on the exit side of compressor in

turbocharger [18]. The excessive reactivity limits are typically encountered for

two-stage heat release fuels. In case of single-stage fuels, generally other limits

appear before the excessive reactivity limits.

7.1.1.6 Oxygen Availability Limits

Generally, oxygen availability limit is encountered in LTC for the conditions using

EGR as diluent to control the pressure rise rate. At sufficient intake boost, the

charge becomes overly reactive, and EGR is required to prevent overly advanced

combustion phasing. The amount of EGR required increases with boost pressure

and with engine load for a given boost. As a result, at higher boost pressures, the

amount of EGR can become so high that it limits the oxygen available for com-

bustion. Thus, the maximum load that can be achieved at a given intake pressure

with high EGR operation is limited by oxygen availability [5]. Studies demon-

strated higher power out in HCCI engine by achieving IMEP up to 16.34 bar with

Fig. 7.2 Intake temperature requirement as a function of combustion phasing for different intake

pressure at Φ ¼ 0.45 at 1800 rpm [3]
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gasoline [18] and 18.1 bar with E10 [6], by increasing the boost pressure and using

EGR to retard the combustion phasing. This strategy is used up to the oxygen

availability limits, where further fuel addition does not lead to increased power

output due to incomplete combustion by lack of oxygen in the engine cylinder

[3]. For some particular engine, maximum cylinder pressure limit may be encoun-

tered before the onset of oxygen availability limits in order to achieve higher engine

load in HCCI combustion.

7.1.2 LTC Operating Range

Power output of a HCCI combustion engine depends on several factors at a

particular engine operating conditions. Engine load/power output is typically

expressed as indicated mean effective pressure (IMEP) because it allows the

comparison of different engine sizes and technologies. Main parameters affecting

IMEP of HCCI engine are expressed in Eq. (7.1) [19]:

IMEP ¼ f
�
ϕ;Pin;CA50;N; _Qout; fuel;%EGR

� ð7:1Þ

where ϕ is the equivalence ratio, Pin is the intake charge pressure, CA50 is the

combustion phasing, N is the engine speed,Qȯut is the rate of cylinder wall heat loss,

fuel is the type of fuel used and %EGR is the fraction of exhaust gas recirculation

included in the intake charge.

Figure 7.3a shows the effect of combustion phasing (CA50) on IMEP for

different relative air fuel ratio (λ) at 1200 rpm using gasoline in a HCCI engine.

Combustion phasing is advanced with increasing the intake air temperature

(Fig. 7.3a) because the charge reaches to autoignition temperature early by com-

pression at higher intake air temperature. Figure 7.3a depicts that IMEP decreases

as combustion phasing is retarded for particular λ. For retarded combustion phas-

ing, combustion temperature is lower, and higher amount of unburned fuel is

emitted due to lower combustion efficiency. For very advanced combustion phasing

(before TDC), IMEP may decrease. Figure 7.3b depicts the variation of IMEP with

oxygen to carbon ratio (O/C) in the intake charge for different fuels in HCCI

combustion. At each test point, combustion phasing is chosen for best indicated

thermal efficiency.

The (O/C) ratio is calculated as total oxygen (in air and fuel) (w/w) in the charge

to total carbon in the fuel. Ethanol, methanol and butanol contain significant

amount of oxygen in the fuel. Figure 7.3b illustrates that IMEP decreases as charge

becomes leaner (increase in O/C ratio) due to lower quantity of input energy in the

cylinder. At particular operating condition (O/C ratio), ethanol and methanol have

higher IMEP compared to gasoline in HCCI engine.

Maximum engine load (IMEP) obtained in HCCI engine is constrained by

operating limits discussed in Sect. 7.1.1. Figure 7.4 shows the stable HCCI
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operating range obtained by using RI and cyclic variability limits at higher and

lower engine load, respectively, in gasoline-fuelled engine at naturally aspirated

conditions. Knock region is defined as engine operating conditions where RI is

greater than 6 MW/m2. Misfire region is defined as engine operating conditions

where COV of IMEP is greater than 3.5%. The HCCI operating range constitutes

the engine operating points where RI < 6 MW/m2 and COVIMEP < 3.5% (coloured

region in Fig. 7.4). Constant IMEP lines are inclined more horizontally, which

indicates that IMEP is mainly dependent on λ. Maximum IMEP is found for lowest

λ (richest mixture) and intake temperature (Fig. 7.4) at the apex of wedge-shaped

region. The maximum attainable IMEP can be improved by shifting this wedge-

shaped region towards the origin of the graph so as to increase the amount of fuel

Fig. 7.3 (a) IMEP as

function of combustion

phasing using gasoline, and

(b) IMEP as function of

oxygen to carbon ratio at

optimal combustion phasing

for different fuels at

1200 rpm in HCCI engine at

naturally aspirated

conditions (Adapted from

[20, 21])
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that is supplied at the apex of the wedge. To increase the HCCI operating range, two

strategies can be employed (as indicated in Fig. 7.4): (1) increasing the heat

capacity of the in-cylinder gas and (2) improving the ignitability of the mixture.

For increasing the heat capacity of the in-cylinder gas, supercharging of fresh air or

inducting EGR (in the intake manifold) is effective. This method is well known as

one of the important ways to increase maximum torque in HCCI engine [22]. In

case of the fresh air supercharging, the fuel-air ratio at knocking limit does not

decrease because of the additional oxygen in the fresh air though. Several measures

can be taken to improve the ignitability of mixture such as utilization of low octane

number fuel, fuel reformulation in negative valve overlap, ozone addition in intake

air and increasing the compression ratio of the engine [22].

Figure 7.5 shows the HCCI operating range at different engine speeds limited by

operating constraints. Figure 7.5a shows the range of λ for which stable HCCI

operation can be achieved using ethanol at different engine speed for compression

ratio 17, 19 and 21. Operating range is limited by combustion efficiency (>85%) for

lower engine load operation, and maximum pressure rise rate (<5 MPa/ms) for

higher engine load operation. Engine operating conditions satisfying this criteria

are considered in HCCI operating range. For each λ, intake air temperature

corresponding to best indicated fuel conversion efficiency is selected. Figure 7.5a

depicts that higher engine speed has comparatively shorter range of λ for each

compression ratio. There is comparatively less time available for combustion at

higher engine speeds because engine cycle completes in shorter duration. To

Fig. 7.4 Stable HCCI operating range at 1200 rpm using gasoline (Adapted from [20])
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increase the oxidation rate of reactions, higher intake temperature is required to

compensate for shorter combustion duration. Higher intake temperature leading to

faster combustion rate leads to faster encounter of RI limits. For constant RI limit,

engine has to operate on leaner mixtures at higher intake air temperature, which

leads to lower IMEP at higher engine speed (Fig. 7.5b) [8].

Figure 7.5a also depicts that HCCI operating region with respect to λ is larger for
higher compression ratio. Combustion temperature increases at higher compression

ratio, which can autoignite the leaner mixtures, and thus, leaner range increases

more at higher compression ratios (Fig. 7.5a). Figure 7.5b shows the IMEP range

obtained at different engine speed for gasoline, ethanol, methanol and butanol. RI

Fig. 7.5 (a) HCCI

operating range at different

compression ratios for

ethanol [8] and (b)

the comparison of HCCI

operating range of gasoline,

ethanol, methanol and

butanol [21]
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limit of 6 MW/m2 and COVIMEP limit of 3.5% are used to determine the operating

range. In these operating conditions, combustion is phased at best indicated thermal

efficiency by adjusting the intake air temperature. Maximum IMEP obtained is

5.8 bar for gasoline, which is the typical maximum IMEP that can be achieved with

HCCI combustion in naturally aspirated conditions. Maximum IMEP obtained

from HCCI combustion is basically dependent on the amount of fuel that can be

burned in the cylinder by simultaneously satisfying the operating limitations

discussed in Sect. 7.1.1. A study selected three parameters energy input per cycle

(J/cycle) (magnitude parameter), Pmax (bar) (magnitude parameter) and CAPmax

(CAD aTDC) (location parameter) to characterize the IMEP variation in HCCI

engine [23]. The correlation which is the best fits to the experimental data is

expressed by Eq. (7.2):

IMEP ¼ aþ b Energyð Þ þ c Pmaxð Þ þ d CAPmaxð Þ ð7:2Þ

where a, b, c and d are constants, which can be calculated by regression analysis of

experimental data. Empirical correlation has good coefficient of determination (R2

> 0.95) [23]. Study also showed that this correlation can predict the IMEP with

uncertainty of 0.3 bar in naturally aspirated HCCI combustion engine.

Maximum IMEP achieved in naturally aspirated condition is very low in com-

parison to conventional SI or CI engine. In automotive vehicles, maximum BMEP

is about 12 bar in light-duty spark ignition engines and 18 bar for light-duty

compression ignition engines [3, 24]. For heavy-duty compression ignition engines,

maximum BMEP can be as high as 25 bar. In naturally aspirated HCCI operation,

maximum IMEP obtained is around 5 bar in the typical engine speed range of

1000–1500 rpm, which is about 40% and 30% of the possible loads in spark ignition

and diesel engines, respectively, in limited speed range [3]. Initial efforts to employ

intake boosting to HCCI engine for higher loads while maintaining high dilution

levels lead to only limited success due to excessively high-pressure rise rate and

engine knock [25, 26].

Recent studies demonstrated the engine loads of 16 and 18 bar IMEPg with

ultralow NOx and particulate emissions using well-mixed (WM) HCCI combustion

using a regular (87 Anti-Knock Index (AKI)) E0 gasoline and an E10 ethanol blend

(10% ethanol in gasoline), respectively [6, 18]. In these studies, the high-pressure

rise rate is controlled by retarding combustion phasing through a combination of

lower intake temperatures and well-controlled EGR addition. Higher engine load

up to 20 bar IMEPg is achieved using the same approach with the fuel having

increased ethanol content to 20% (E20) (93 AKI) [27]. For these high-load well-

mixed HCCI studies, NOx and particulate emissions are more than factor of

10 below US 2010 limits for all boosted conditions. However, the boost pressures

required to achieve these high engine loads are fairly high, around 3.2–3.6 bar

absolute, which is very difficult for a turbocharger to produce these boost levels at

the stated loads in a high-efficiency LTC engine that has a relatively low-enthalpy

exhaust stream [5].
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Figure 7.6 demonstrates the maximum achieved IMEP as a function of intake

boost pressure by using different fuel and fuel injection strategies at compression

ratio (CR) 14 at 1200 rpm. Figure 7.6 depicts that maximum IMEP is increased with

increase in boost pressure for well-premixed (WM) charge (HCCI) as well as early

direct injection (E-DI) operation. All boosted data points are acquired within limit

of RI ¼ 5 MW/m2 to maximize thermal efficiency while avoiding knock during

combustion. In engine operation without EGR, maximum IMEP decreases after

intake boost pressure (Pin) of 1.8 bar (Fig. 7.6) due to higher-pressure rise rate, and

RI will be higher if more amount of fuel is burned. The zero ethanol (E0) 87 AKI

fuel is the most reactive fuel for intake boosted operation, and EGR addition starts

with the Pin ¼ 1.8 bar as evident from the sharp decrease in exhaust O2 concentra-

tion from Pin ¼ 1.6–1.8 bar. After this point, increase in intake pressure increases

the requirement of EGR to prevent overly advanced combustion timing [5].

At Pin ¼ 2.6 bar using CF-E0 (certification gasoline) WM (well mixed) case, the

exhaust O2 concentration is nearly zero, which means the charge is stoichiometric

with a very high level of dilution from the EGR. Therefore, themaximum load for E0

is oxygen limited for Pin � 2.6 bar while knock/stability limited for Pin < 2.6 bar.

Even though for Pin � 2.6 bar combustion is oxygen limited, a maximum load of

16.3 bar IMEPg is obtained at Pin¼ 3.2 bar, where maximum cylinder pressure limit

is encountered. Ethanol addition to E0 gasoline lowers its autoignition reactivity in

boosted conditions, shifting to higher pressures (Pin) for which the maximum load

becomes oxygen limited (Fig. 7.6). For 20% ethanol content (E20), IMEP increases

up to 20.0 bar at Pin¼ 3.6 bar, where maximum cylinder pressure limits are reached

and simultaneously exhaust O2 also reaches to zero at the same point (Fig. 7.6).

Fig. 7.6 Maximum IMEP as a function of intake boost pressure using different strategies at

compression ratio (CR) 14 at 1200 rpm in low-temperature gasoline combustion (LTGC) (Adapted

from [5, 27])
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The partial fuel stratification (PFS) strategy creates controlled non-uniformities

in the charge mixture, which is used to increase the high load limit by increasing the

burn duration and reducing the peak HRR (see Sect. 2.2.4.6 of Chap. 2). The PFS

strategy results in sequential autoignition from the richest regions to the leanest if

the fuel’s autoignition reactivity is sensitive to the local equivalence ratio (ϕ) within
the charge [28]. The PFS strategy also always produces some amount of associated

thermal stratification for two reasons. First, DI fuelling involves vaporization

cooling which decreases the local temperature proportionally to the increase in ϕ.
Second, the larger quantity of fuel lowers the local γ of the richer regions, which in
turn decreases their temperature rise with compression [4]. As a result of these two

effects, the richest fuel regions are also the coldest, which acts to reduce their

autoignition reactivity and thus works against the increased chemical reactivity of

these richer regions for ϕ-sensitive fuels. In standard PFS (std-PFS) strategy, major

quantity of the fuel (~90%) is well premixed (similar to WM strategy), and the

remaining fuel is supplied by a late direct injection, typically around 310 CA (50�

CA before TDC compression) to create a non-uniform fuel distribution in the

cylinder. To avoid condensation of the premixed fuel, intake temperature (Tin) is
kept at 60 �C, the same as for well-mixed (WM) strategy [5].

Figure 7.7 shows the comparison of WM and PFS strategy for achieving

maximum load as function of intake pressure. For the E0 gasoline, PFS begins to

be effective at Pin ¼ 1.8 bar, as fuel becomes sufficiently ϕ sensitive at this Pin

[6, 28], and it is very effective for Pin � 2.0 bar, where the fuel is strongly ϕ
sensitive [28]. In PFS strategy, higher engine load is achieved (13 bar IMEP at

Fig. 7.7 Variation of maximum IMEP as a function of intake pressure for premixed and PFS

strategy in HCCI combustion (Adapted from [6, 28])
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Pin ¼ 2.0 bar) in comparison to WM strategy (11.5 bar IMEP at Pin ¼ 2.0 bar). For

boost pressure 2.0 � Pin < 2.4 bar, the load at each Pin is higher for std-PFS until it

was oxygen limited. Since the maximum load is already oxygen limited with

premixed fuelling for Pin � 2.6 bar, std-PFS cannot be used to increase the load

in this pressure boost range as stratification will create richer mixture than stoi-

chiometric [5]. E10 is less reactive fuel than E0, which makes to achieve for higher

engine load, but the trend is similar to E0. Figure 7.7 also depicts that for a constant

load, std-PFS strategy requires comparatively lower intake pressure, which means

that std-PFS strategy reduces the requirement of boost pressure.

The std-PFS strategy cannot increase the engine load for intake pressures

above 2.6 bar as shown in Fig. 7.7 due to oxygen limit constraint. However, E-DI

PFS can mitigate this problem, where all the fuel is injected directly into the

cylinder in early intake stroke. Direct injection of fuel in E-DI PFS leads to operate

the engine at lower intake temperature 30–40 �C without concern about fuel

condensation in the intake system, which is 60 �C for well-mixed (WM) strategy.

Additionally, in-cylinder vaporization of the DI fuel provides further charge

cooling, and it also increases the charge density. Therefore, the charge mass

inducted is also higher. In E-DI, start of injection (SOI) of 60 CA after TDC intake

is selected. In this case also the charge is not completely mixed and acts similar to

PFS. The E-DI PFS strategy leads to a substantial load increase at higher boost

pressures (Fig. 7.6). Figure 7.6 also depicts that E-DI strategy can also reduce the

requirement of higher boost pressure at high load operation. A more complete

discussion on high load increase with std-PFS, E-DI and premixed fuelling can be

found in original studies [5, 27, 28].

In order to increase the high load limit, heavy stratification is created using

diesel-type direct injectors with both gasoline-like and diesel-like fuels in partially

premixed combustion (PPC) strategy [29, 30]. In diesel PPC, NOx and smoke

emissions are higher particularly at higher engine loads. Therefore PPC strategy

is focused more on gasoline-like fuels. Figure 7.8 shows the engine load range that

can be achieved with PPC strategy using gasoline-like fuels, while keeping NOx

emissions below 0.30 g/kWh and soot below 0.30 filter smoke number (FSN). To

achieve this high engine load (25 bar IMEP), intake air pressure up to 3.6 bar

(depending on load) and EGR rate up to 50% are used with gasoline-like fuels of

different octane numbers. A custom injection strategy is used to operate the PPC

engine on gasoline-type fuels in low to high engine load [31]. This injection

strategy used two injection pulses in a cycle. During first injection, fuel must not

react during the compression stroke, and fuel is injected at�60 aTDC. To create the

stratification in the engine cylinder, a second injection takes place near TDC, and it

also triggers the combustion. Thus, the combustion timing is governed by the

position of the second fuel injection. First fuel injection timing is kept constant

for all the load, but fuel quantity depends on the fuel octane number (ON), CR and

EGR rate. Figure 7.8a depicts the PPC load range achieved as function of octane

number (RON) for unmodified fixed layout of the engine at constant intake tem-

perature of 303 K. Lower load boundary depends on the fuel ON (Fig. 7.8a), and a

study suggested that gasoline with 70 octane number is the best fuel [31]. Since
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gasoline of RON 70 is not available in the market, hybrid PPC mode operation is

suggested (Fig. 7.8b) for currently available gasoline of higher ON than 70. Engine

can be operated in PPC mode at higher engine load, and for lower engine load,

variable compression ratio or glow plug-assisted PPC mode needs to be run. Higher

octane fuel has difficulty in autoignition and thus requires higher compression ratio

or glow plug assistance at lower engine load as boost pressure is also relatively low

at lower engine loads.

The RCCI combustion is another LTC strategy, which requires relatively lower

EGR rate and comparatively lower fuel injection pressure than PPC while

maintaining ultralow NOx and soot emissions. Figure 7.9 shows the RCCI operat-

ing range vis-�a-vis conventional diesel combustion (CDC) using different fuels. To

determine RCCI operating range, a self-imposed constraint of pressure rise rate

Fig. 7.8 (a) Stable

operating load range for

different types of gasoline

fuel in PPC engine and (b)

hybrid PPC combustion

concept using medium- or

high-ON gasoline fuels [31]
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(<10 bar/CAD) and CO emissions (<5000 ppm) is used in addition to COV of

IMEP of 3%. During RCCI engine operation, an early direct injection of diesel

(between 30 and 70 BTDC) and port injection of gasoline at a closed intake

valve timing are used. Figure 7.9 depicts that RCCI operating range is compara-

tively lower than CDC. To achieve these engine load boost pressure up to 1.8 bar is

used depending on the engine load. Figure 7.9 shows that RCCI operating range can

be expanded by using ethanol and biofuel blends. The maximum BMEP up to

10 bar is obtained in this study. Figure 7.9b indicates that biodiesel/gasoline RCCI

obtained higher load range in comparison to the RCCI engine with conventional

fuels (gasoline and diesel). The premixing ratio of low to high reactivity fuels could

be increased by using biodiesel without compromising the engine stability [32]. The

high engine load operation requires higher amount of fuel burned in the cylinder,

which leads to higher-pressure rise rate in case of premixed combustion. To avoid

the higher-pressure rate, combustion phasing is delayed in order to achieve higher

engine load. Figure 7.10 illustrates the RCCI combustion IMEP as function of

Fig. 7.9 Engine operating

range for RCCI combustion

with different fuels

(Adapted from [32, 33])
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combustion phasing for two different low reactivity fuels. In E85/diesel operation,

combustion duration is approximately 50% longer due to the occurrence of longer

HTHR (high temperature heat release) because of the greater RON stratification

and the ethanol inhibitor effect [34]. Longer combustion duration leads to reduction

in heat release rate, and thus more amount of fuel can be burned for the same peak

pressure rise rate constraints. Maximum load obtained in E85 diesel RCCI is

16.5 bar at intake pressure of 2.46 bar and 47% EGR rate, whereas in gasoline/

diesel RCCI, maximum IMEP is 14.5 bar at intake pressure of 2.34 bar and 57%

EGR rate.

Load range extension is essential for RCCI engine operation over wide range of

driving cycle map while maintaining the benefits of higher fuel conversion effi-

ciency as well as ultralow NOx and particulate emissions. Optimization of the

premixing ratio, injection events and fuel reactivity can lead to expansion of the

RCCI engine operating range [35].

7.2 Engine Efficiency

The fuel conversion efficiency of an engine can be categorized into different

process efficiencies in order to determine the processes, which are contributing

negatively to overall engine efficiency. This also helps to compare the results

between different engines or even different combustion modes. Figure 7.11 illus-

trates the different efficiencies defined for an engine combustion process along with

associated losses. In an engine, chemical energy contained in the fuel is converted

into heat energy released by combustion. Due to incomplete combustion, some of

the chemical energy is lost in terms unburned or partially burned emission species.

The combustion efficiency is defined as the ratio of heat released in the cylinder to

total chemical energy injected from fuel. Thermodynamic efficiency is the ratio of

Fig. 7.10 IMEP as function

of combustion phasing in

RCCI engine fuelled

with different low reactivity

fuels (Adapted from [34])
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indicated work to the total heat released in the engine cylinder. During the work

conversion process, some of the heat released is lost in several forms. Thermody-

namic efficiency is a measure of how good is the engine with respect to conversion

of heat energy into work. Indicated work obtained is lost in pumping the intake and

exhaust gases during intake and exhaust stroke, respectively. The efficiency of this

process is measured by gas exchange efficiency. Some of the work is lost to

overcome the friction in the different moving parts of the engine. The measure of

this process is mechanical efficiency. The remaining work now is available as brake

work at engine shaft. The brake thermal efficiency is defined as the ratio of brake

work available at engine shaft to total fuel energy injected into the combustion

chamber. The brake thermal efficiency is the product of combustion, thermody-

namic, gas exchange and mechanical efficiencies.

Fig. 7.11 Illustration of different efficiencies defined for the various process in a combustion

engine (Adapted from [13])

374 7 Performance Characteristics



In general, LTC process has higher fuel conversion efficiency potential in

comparison to conventional SI engines. The LTC engine has eliminated the throt-

tling losses, and thus pumping work loss is reduced. The LTC engine is operated at

higher compression ratio than SI engines, which further improves the fuel conver-

sion efficiency. The low combustion temperature leads to lower heat transfer loss,

which also adds to efficiency improvement in LTC engines. In LTC engines,

combustion duration is relatively shorter, which leads to combustion cycle close

to constant volume cycles having higher efficiency. Thermodynamic efficiency of

LTC engines is higher due to higher compression ratio and higher ratio of specific

heat (γ) of working fluid [4].

Figure 7.12 illustrates the variations in thermodynamic, brake, combustion and

gas exchange efficiencies in HCCI engine vis-�a-vis SI engine. The thermodynamic

efficiency presents the efficiency of the thermodynamic process of heating up the

gas at high pressure, expanding the hot gas and extracting work. Figure 7.12a

depicts that HCCI engines have comparatively higher thermodynamic efficiency

in comparison to SI engine. Thermodynamic efficiency can reach 50% or even

slightly higher in HCCI engine due to higher compression ratio and higher γ of

working fluid (because of leaner mixture operation). Combustion efficiency is

slightly lower in HCCI engine (detailed discussion on combustion efficiency can

be found in Sect. 6.3 of Chap. 6). The overall brake thermal efficiency of HCCI

engines is higher than SI engines, and it increases with increase in engine load

(Fig. 7.12a).

At a particular compression ratio in HCCI engine, indicated thermal efficiency

mainly depends on combustion efficiency and combustion phasing [37]. Figure 7.13

presents gross indicated thermal efficiency as function of combustion phasing in a

gasoline HCCI engine at 1200 rpm in naturally aspirated conditions. Figure 7.13a

depicts that engine efficiency decreases as combustion phasing is retarded (after

6 CAD) for each λ due to lower combustion temperature resulting in lower

combustion efficiency. For rich mixture engine operation at λ ¼ 2.3, combustion

efficiency decreases with very advanced combustion phasing and lower than other

leaner mixtures. At very advanced combustion phasing, heat release rate is very

high, and higher combustion temperature is obtained in the cylinder. Thus, heat loss

from cylinder wall increases resulting into relatively lower efficiency. At very

advanced combustion phasing and richer mixtures, knocking may also start,

which further increases the heat transfer, leading to lower engine efficiency.

Therefore, optimum combustion timing depends on engine load (λ). Richer mix-

tures (higher load) have optimum combustion phasing later into the cycle, and for

leaner mixtures (low load), optimum combustion phasing is closer to TDC.

Figure 7.13b presents the indicated efficiency as function of IMEP for gasoline,

ethanol, methanol and butanol for combustion timing phased for best thermal

efficiency at each test conditions. Engine efficiency increases with the increase in

engine load and reaches highest value and then starts declining (Fig. 7.13b).

Efficiency declines at very high load due to higher combustion rate (starts

knocking), which increases the heat transfer rate. Ethanol showed the highest

efficiency at any given load for this engine at optimal combustion phasing

(Fig. 7.13b).
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Figure 7.14 shows the variations of indicated thermal efficiency with λ and

intake air temperature using gasoline and ethanol in HCCI operating range

(RI < 6 MW/m2 and COVIMEP < 3.5%). Figure 7.14 depicts that indicated thermal

efficiency is a function of both intake air temperature and λ, because constant

efficiency contour orientation is inclined. Maximum thermal efficiency in the HCCI

operating range is found up to 48% for both fuels. Indicated thermal efficiency is

lower near misfire boundary, and relatively higher indicated efficiency is found near

the knock boundary. This trend is similar for both test fuels. Close to knocking

boundary, fuel-air mixture is richer, and intake temperature is also higher, which

results in higher combustion temperatures and comparatively advanced combustion

phasing. Advanced combustion phasing and higher combustion efficiency due to

Fig. 7.12 (a) Thermodynamic and brake efficiency and (b) combustion and gas exchange

efficiency as a function of BMEP in HCCI engine (Adapted from [36])
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higher combustion temperature lead to higher indicated thermal efficiency near the

knock boundary.

To increase the load range of HCCI engine, intake pressure boost and/or fuel

stratification (std PFS or E-DI) is typically used (see Sect. 7.1.2). In std-PFS

strategy, majority of fuel is premixed, and thus it is required to maintain intake

temperature (~60 �C) such that fuel does not condense in the manifold. However, in

E-DI PFS, all the fuel is injected early in the intake stroke, and intake temperature

can be reduced to ambient temperature. Many of the E-DI PFS with reduced intake

temperature (Tin) also increases thermal efficiency along with increasing high load

limit at particular intake pressure. Lower intake temperature in E-DI PFS leads to

lower combustion temperature for the same amount of fuel burn (engine load) due

to lower initial temperature. Lower intake temperature also increases the intake

Fig. 7.13 Gross indicated

thermal efficiency as a

function of (a) combustion

phasing and (b) IMEP at

optimal combustion phasing

for different test fuels, in

HCCI engine [21]
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mass density; thus same load can be produced with a more dilute charge which

further contributes to lower combustion temperature. Lower intake temperature

also significantly reduces the EGR requirement to delay the combustion phasing in

order to avoid higher RI. The lower combustion temperature and lower EGR

increase the specific heat ratio (γ) of the combustion products, which leads to

more work extraction during the expansion stroke and increasing the thermal

efficiency [18, 38]. The heat transfer losses are also reduced in E-DI PFS due to

the lower combustion temperatures. Additionally, with PFS, less combustion

timing retard is required to avoid the RI limit, which increases the effective

expansion ratio, and therefore, higher thermal efficiency is achieved [5].

Fig. 7.14 Variations of

gross indicated thermal

efficiency in HCCI

operating range using

gasoline and ethanol [21]
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Figure 7.15 presents the indicated thermal efficiency as a function of IMEP using

different charge preparation strategy in HCCI engine. Figure 7.15b depicts that

E-DI PFS strategy has the highest thermal efficiency at constant intake pressure for

a given load (particularly at high engine loads) than std-PFS and well-mixed (also

known as premixed (PM)) strategy. Figure 7.15 also depicts that thermal efficiency

decreases with increase in engine load due to more retarded combustion phasing at

higher engine load to avoid the RI limit. Retarded combustion phasing decreases

the effective expansion ratio, and thus, thermal efficiency is reduced. The well-

mixed fuel strategy showed lower efficiency as more combustion phasing retard is

required in the premixed (PM) case for a given load to avoid knocking. The PFS

strategy increases the combustion duration, and the peak heat release rate is

reduced. Therefore less combustion timing retard is required in PFS strategy.

Fig. 7.15 Indicated

thermal efficiency as a

function of IMEP using

different charge preparation

strategy at (a) constant

intake pressure (Adapted

from [5, 27]) and (b)

different compression ratios

(Adapted from [5])

7.2 Engine Efficiency 379



Thermal efficiency can also be enhanced by increasing the geometric compres-

sion ratio (CR) of the engine. Higher compression ratio increases the expansion

ratio, and thus higher thermal efficiency is obtained. Additionally at higher com-

pression ratio, lower intake temperature is required for autoignition as it leads to

higher temperature at the end of compression. Higher intake pressure enhances the

autoignition reaction rate, and thus same combustion timing can be obtained with

lower near-TDC temperatures [5]. This leads to reduction in the required intake

temperature for naturally aspirated and low-boost conditions. The lower intake

temperature increases the charge density, which acts to increase both the thermal

efficiency and maximum load at given intake pressure (as discussed above).

However, for higher boost levels, intake temperature is reduced to the minimum

allowable level (60 �C for premixed and 30–40 �C for DI). To control combustion

timings, EGR is added, which is required in higher quantity for higher compression

ratio that can cause the maximum load to become oxygen limited [5]. Figure 7.15b

depicts that higher compression ratio engine operation leads to the higher thermal

efficiency. The E-DI PFS at higher compression ratio has even higher thermal

efficiency.

To further increase the thermal efficiency of single E-DI PFS strategy, recently a

double direct fuelling strategy (D-DI) is demonstrated [4]. In this strategy, first

early direct injection during intake stroke creates a well-mixed charge with mod-

erated stratification. The second late direction injection during compression stroke

creates the greater fuel stratification in the cylinder. The effect of dual direct

Fig. 7.16 Magnitude of factors affecting the thermal efficiency for the different D-DI fraction

from S-DI (Adapted from [4])
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injection on heat release rate curve is discussed in Chap. 6 (Fig. 6.16). The D-DI

strategy significantly lowers the heat release rate by increasing the combustion

duration. The double-DI fuelling strategy demonstrated an improvement of the

thermal efficiency by up to ~0.6% units compared to the S-DI (single direct

injection) over a given load range [4]. However, with this strategy, the efficiency

improvement is less than expected from the allowable CA50 advancement. Fig-

ure 7.16 shows the magnitude of factors affecting the thermal efficiency in D-DI

strategy in comparison to S-DI strategy. Loss in thermal-gained thermal efficiency

is mainly by heat transfer and lower combustion efficiency. The lower combustion

efficiency is obtained due to locally overly rich regions produced by fuel stratifi-

cation. Heat transfer is also enhanced because of the advanced CA50, and the late

injection might increase the convective heat transfer coefficient [4]. To avoid local

overly rich regions, multiple-DI strategy can be used, which may increase the gain

in thermal efficiency (by another 0.4–0.5% units).

The partially premixed combustion (PPC) is another LTC strategy, which often

uses direct injection gasoline-like fuels by creating heavy stratification in the cyl-

inder while maintaining the benefits of HCCI combustion (detailed discussion is

provided in Chap. 2). The heavy stratification is created using diesel-type direct

injectors and high fuel injection pressure. Fuel injection strategy in PPC engine is

discussed in Sect. 7.1.2. Figure 7.17 shows gross indicated thermal efficiency as

function of IMEP in PPC engine operated at two different compression ratios. Fuels

designated as G.ON x/y represents gasoline octane number, where ‘x’ is RON, and
‘y’ is MON. Figure 7.17 depicts that more than 55% indicated efficiency is achieved

in PPC engine using different octane gasoline. Gasoline having RON of 70.3

showed the highest thermal efficiency at higher compression ratio operation in

PPC mode. At higher compression ratio (17.1), indicated efficiency is in the range

Fig. 7.17 Gross indicated thermal efficiency as a function of IMEP in PPC engine at two

compression ratios using gasoline-like fuels (Adapted from [39, 40])
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of 52–57% for engine load higher than 4 bar IMEP; however at compression ratio

14.3, indicated efficiency is in the range of 52–56% for engine load higher than

8 bar IMEP.

The three major losses during compression, combustion and expansion stroke are

(1) the combustion loss (CO, HC and H2 in the exhaust), (2) heat transfer loss and

(3) exhaust energy loss. The combustion loss is estimated by combustion efficiency

(ratio of combustion loss and fuel input energy). The combustion efficiency of PPC

engine using different gasoline-like fuels is presented in Fig. 6.41b of Chap. 6.

Relative exhaust and heat transfer loss with respect to fuel energy is presented in

Fig. 7.18. Figure 7.18 depicts that for engine loads higher than 4 bar gross IMEP, the

combustion losses are negligible (below 5%), the heat transfer is between 25% and

Fig. 7.18 Relative exhaust and heat transfer losses form PPC engine at two compression ratios

using gasoline-like fuels (Adapted from [40, 41])
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30% and the exhaust losses are not higher than 20%. Low heat transfer and low

exhaust loss can be simultaneously achieved by high-boost and appropriate com-

bustion timing and duration [41]. Heat transfer is mainly a function of surface area

and temperature gradient between bulk volume and wall (independent of mass

inside the cylinder). Thus, heat transfer is independent of boost level, and boosting

the engine increases the internal energy of the combustion volume increases (more

mass). The exhaust losses are approximately constant with boost because the

increase in exhaust mass balances with the reduction in exhaust temperature due

to the higher mixture dilution. Heat transfer can be optimized with combustion

phasing (typically 5–15 CAD ATDC depending on engine load). If combustion

duration is in the range of 10–30 CAD, the expansion stroke duration is maximized,

and heat transfer is minimized [41]. Combustion duration longer than 10–30 CAD

reduces the effective expansion ratio, and very short combustion duration also

increases the heat transfer loss. Exhaust losses increased from 20% to 25% in

lower compression ratio PPC engine operation; however higher engine load can be

achieved. Despite the increment in exhaust loss, the gross indicated efficiency is still

higher due to reduction in heat transfer from 30% to 25% (Fig. 7.18). A study

proposed two reasons for lower heat transfer loss: (1) lower mixing period for engine

load higher than 7 bar IMEP; thus most of the combustion is confined in the piston

bowl, and the squish area works as thermal insulator; and (2) combustion duration is

in the range of 10 and 25 CAD from mid to high loads [40].

Dual-fuel RCCI engine is another LTC strategy having the potential of higher

thermal efficiency along with ultralow NOx and soot emissions. In RCCI engine,

lower injection pressure and EGR rate are required than PPC engine, and it is still

able to achieve higher thermal efficiency. Figure 7.19 shows the RCCI engine

thermal efficiency as function of engine load using different low reactivity fuels.

Figure 7.19a illustrates the effect of engine load on brake thermal efficiency (BTE)

in RCCI engine vis-�a-vis CDC at 1500 rpm. The BTE increases with engine load for

both the combustion modes, and RCCI combustion has higher BTE (Fig. 7.19a).

The RCCI combustion with 20% ethanol/diesel (E20/D) obtained higher thermal

efficiency as compared to gasoline/diesel (G/D) RCCI. The E20/D RCCI combus-

tion also achieved higher peak engine load as compared to G/D RCCI operation due

to comparatively lower reactivity of E20. At higher engine speed of 2600 rpm,

RCCI operation has 7% higher BTE as compared to CDC [42]. Another study

reported that at 8 bar BMEP and 3000 rpm condition, RCCI strategy has 40.6%

brake thermal efficiency, which is 5% higher as compared to CDC engine at the

same load condition. Figure 7.19b presents the indicated thermal efficiency as

function of IMEP in a RCCI combustion engine. Figure 7.19b depicts that E85/die-

sel RCCI operation has higher indicated efficiency than gasoline/diesel RCCI. As

indicated in Fig. 7.10, at higher engine loads, E85/diesel RCCI has lower require-

ment of EGR, and thus ratio of specific heat (γ) of working fluid production is

higher leading to higher work extraction [34]. The lower EGR requirement to

reduce the pressure rise rate is due to longer HTHR combustion duration (approx-

imately 50%) with E85/diesel operation. Figure 7.19b also demonstrates that

around 58% indicated thermal efficiency can be achieved in RCCI combustion

engine.
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Figure 7.20 presents the gross indicated thermal efficiency as function of global

equivalence ratio (Φ) and intake temperature in a RCCI engine fuelled with 3.5%

EHN þ gasoline/E85 and ULSD/E85 at constant load and TDC combustion

phasing in RCCI engine. Figure 7.20 depicts that the region of maximum efficiency

approximately occurs within the self-imposed combustion efficiency limit (>97%)

and maximum pressure rise rate (MPRR) limit (<12 bar/CA), which indicates the

region of maximum indicated efficiency is at least partially correlated to MPRR and

combustion efficiency. However, properties of directly injected fuel might have

significant role in the determination of engine efficiency. This point is confirmed in

Fig. 7.20b where ULSD operation produced a lower indicated efficiency in com-

parison to 3.5% EHN þ gasoline. Figure 7.20 also demonstrates that RCCI

Fig. 7.19 (a) Brake thermal efficiency (BTE) as a function of BMEP at 1500 rpm (Adapted from

[42, 43]) and (b) indicated thermal efficiency as a function of IMEP (Adapted from [34]) in RCCI

engine
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combustion has the capability for engine operation at constant combustion timing

and engine load over a wide range of intake conditions by adjusting the ratio of

port-to-direct injected fuel [44].

Figure 7.21 demonstrates the energy distribution in different process of CDC,

HCCI and RCCI engine at various combustion phasing (CA50). Figure 7.21 depicts

that incomplete combustion loss progressively increases with retarded CA50 for the

three combustion modes. The CDC has the highest combustion efficiency at all the

combustion phasing. The HCCI combustion has relatively more complete combus-

tion than RCCI due to premixed fuelling. In RCCI combustion due to stratification,

the fuel–air mixture close to the cylinder wall is leaner and less reactive than that in

the HCCI conditions. Therefore, the lower temperature is obtained near-wall bound-

ary in RCCI than that of HCCI, which leads to higher HC and CO emissions [45].

Fig. 7.20 Gross indicated thermal efficiency in global Φ and intake temperature space in RCCI

engine (Adapted from [44])

Fig. 7.21 Energy distributions in different processes of CDC, HCCI and RCCI engine at various

combustion phasing [45]
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At constant combustion phasing, heat transfer loss in HCCI is close to CDC, and

RCCI demonstrates lower heat transfer than CDC as well as HCCI combustion. The

temperature gradient close to cylinder wall is lower in RCCI combustion than in

HCCI combustion. The exhaust losses of HCCI and RCCI combustion are much

lower than that of CDC at constant combustion phasing (Fig. 7.21). This indicates

that both HCCI and RCCI combustion could extract more work from the charge,

and less heat energy is rejected in exhaust gas. Combustion duration between CA10-

CA50 and CA50-CA90 are significantly different for three combustion modes. At

fixed CA50 engine operation, combustion duration in HCCI leads to an early CA90

close to TDC. This makes HCCI combustion process close to constant-volume

combustion compared to CDC and RCCI, which leads to more work extraction and

lower exhaust losses. In contrast, CDC has delayed CA90 timings due to relatively

longer combustion duration. Thus, large fraction of energy is prone to increase

enthalpy of exhaust gases and less conversion to work [45].

Direct injection dual-fuel stratification (DDFS) strategy combines the benefits of

RCCI and PPC by injecting both gasoline and diesel directly into the engine

cylinder (see Sect. 2.6.4 of Chap. 2). In this strategy, gasoline is injected during

intake stroke, and it is effectively premixed. Similar to RCCI, diesel is injected

40–60� before TDC to produce reactivity gradient in the cylinder. In DDFS

strategy, load expansion is obtained by late gasoline injection, and combustion

stability is considerably improved [46]. The DDFS enables the control over the

in-cylinder distribution of both low and high reactivity fuels. Figure 7.22 illustrates

energy distributions in different processes of RCCI and DDFS RCCI strategy.

Figure 7.22 depicts that DDFS strategy has improved the thermal efficiency. In

this strategy, heat loss is reduced, while exhaust losses are increased, and it also

reduces the turbocharging requirements. A more complete discussion can be found

in the original study [46].

Fig. 7.22 Energy

distributions in different

processes of RCCI and

DDFS RCCI strategy

(Adapted from [46, 47])
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7.3 Specific Fuel Consumption

Fuel consumption from engine is typically expressed in terms of power (brake or

indicated) specific basis, which is the ratio of fuel consumption to the power

produced. Brake specific fuel consumption (BSFC) and indicated specific fuel

consumption (ISFC) terms are generally used to measure the fuel economy of the

engine. The BSFC is typically used to compare the efficiency of engine with shaft

power output. The BSFC or ISFC allows direct comparison of fuel conversion

efficiency of different engines of various sizes or operating of different modes. For

the user of vehicle, it indicates the required fuel carrying capacity for a particular

power out.

Figure 7.23 shows the ISFC of HCCI combustion engine using gasoline at

1200 rpm in λ and intake temperature space. To calculate the ISFC, the indicated

power is calculated from the pressure–volume curve. The ISFC has an inverse

relationship with the indicated thermal efficiency, i.e. the maximum indicated

efficiency corresponds to the minimum ISFC. At lower thermal efficiency, higher

energy (higher amount of fuel) is required to satisfy the same engine load. Fig-

ure 7.23 depicts that ISFC is higher close misfire boundary due to lower indicated

thermal efficiency. Near misfire boundary air fuel mixture is leaner at particular

temperature, which leads to lower combustion temperature resulting in lower

combustion efficiency. Figure 7.14 also confirms that indicated thermal efficiency

Fig. 7.23 Variations of ISFC in HCCI operating range for gasoline at 1200 rpm (Adapted from

[21])
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is lower near misfire boundary and, therefore, higher ISFC. The ISFC is lower

closer to knock boundary due to higher thermal efficiency. Contour lines are similar

to thermal efficiency curve, and values have an inverse relationship (Fig. 7.14).

Figure 7.24 shows the variations of ISFC in RCCI engine using gasoline/diesel

and E85/diesel on gasoline equivalent basis. Ethanol has lower calorific value than

gasoline, and hence higher volume is required for the same energy input. Therefore,

it is normalized and gasoline equivalent basis is presented. Figure 7.24 shows that

E85/diesel has lower ISFC than gasoline/diesel RCCI due to higher indicated

thermal efficiency (Fig. 7.19b). Reason for higher thermal efficiency is discussed

in Fig. 7.19. Additionally, with all the tested fuels, the indicated specific fuel

consumption trends demonstrate a local minimum of approximately 150 g/kWh

(gross based), at the 6–12 bar IMEP in gasoline/diesel RCCI operating conditions.

The low fuel consumption at these loads is believed to be due to the more extensive

optimization that has been performed at these loads [34]. Figure 7.19a also depicts

the BSFC as a function of engine load, and it shows that BSFC decreases with

increase in the load due to higher fuel conversion efficiency.

7.4 Exhaust Gas Temperature

In general, LTC engines have benefits of ultralow NOx and negligible soot emis-

sions. However, unburned hydrocarbon (HC) and carbon monoxide (CO) emissions

are very high as compared to diesel engines due to the low in-cylinder temperatures

caused by leaner charge combustion. The problems of higher CO and HC emissions

are severe particularly at lower engine load conditions (see Sect. 8.2 and 8.3 of

Chap. 8). Reduction of HC and CO emissions from engine exhaust is relatively

easier than reducing NO and soot emissions [48]. Higher HC and CO emissions can

be eliminated from engine exhaust by using oxidation catalysts, which can reach up

Fig. 7.24 Variation of

ISFC in RCCI engine using

gasoline/diesel and

E85/diesel (Adapted from

[33])
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to 95% conversion efficiencies in fully warmed-up conditions [49]. It is essential to

reach the operating temperature of the catalytic converter for effective conversion

of HC and CO emissions. The light-off temperature (the temperature at which the

catalyst becomes more than 50% effective) is about 250–300 �C for most of the

catalysts [48, 50]. The exhaust gas temperature (Te) is lower in HCCI engines as

compared to conventional engines due to combustion of highly diluted mixture and

the high burn rates. HCCI engine exhaust gas temperature can be as low as 120 �C;
therefore elimination of HC and CO emissions by catalytic converters is a chal-

lenging problem [51]. In HCCI engine, higher amount of HC and CO is emitted at

lower engine load, where exhaust temperature is also lower. This makes the

problem even more difficult. Lower exhaust gas temperature in HCCI engine also

leads to availability of less exhaust energy available to the turbocharger, which is

often used to extend high load HCCI operating range [48]. Therefore it is essential

to understand the effect of various parameters influencing HCCI exhaust tempera-

ture for a better modulation of engine charge variables to extend operating range of

HCCI engine.

Figure 7.25 shows the effect of λ on exhaust gas temperature using gasoline at

1200 rpm. Figure 7.25 depicts that exhaust gas temperature shows almost linear

dependence on λ at each intake air temperature. Exhaust temperature decreases by

62 �C as λ increases from 2.0 to 2.5 at Ti¼ 130 �C and CA50 retards by 9 CAD in the

same conditions. Exhaust gas temperature is higher for richer mixture due to higher

injected fuel energy content. At very advanced timing at Ti ¼ 150 �C, exhaust gas
temperature decreases for richer mixtures (λ < 2.3). Ignition timing location has an

opposite effect on the exhaust gas temperature. Influence of energy input has

stronger effect on Te as compared to ignition timing. The trend in variations of

Fig. 7.25 Variation in HCCI engine exhaust gas temperature with λ at 1200 rpm for gasoline [21]

7.4 Exhaust Gas Temperature 389



exhaust gas temperature correlates well with the trends of variation in IMEP

(Fig. 7.25).

Figure 7.26 shows the effect of intake manifold temperature (Tm) on HCCI

exhaust temperature using gasoline at 1200 rpm. Figure 7.26 shows that exhaust

gas temperature increases with the increase in intake air temperature at each λ. The
variation of Te is lower for richer mixture for the same variation of Tm. Figure 7.26
also depicts that IMEP also has a similar trend and correlates well with Te. For
λ ¼ 2.3, exhaust gas temperature increases by 12 �C with increases in Ti from
130 �C to 160 �C, and CA50 advances by 8.5 CAD in the same conditions. The main

factor governing increase in exhaust gas temperature is higher initial intake air

temperature, which leads to higher in-cylinder gas temperature in the engine cycle.

Significant variations in the combustion phasing do not affect much to exhaust gas

temperature; thus variation in Te with Tm is not as large as with λ (ΔTe/Δ
Tm ¼ 0.4 �C/�C).

Figure 7.27 shows the effect of engine speed and energy input on exhaust gas

temperature in HCCI engine. Effect of engine speed on HCCI exhaust temperature

at constant fuelling is shown in Fig. 7.27a. On increasing engine speed, the exhaust

temperature increases at constant fuelling in HCCI engine (Fig. 7.27a). Exhaust gas

temperature increases significantly from 159 �C to 245 �C, when speed increases

from 1200 to 2400 rpm. The higher exhaust gas temperature at higher engine speed

is a result of delayed combustion phasing and reduced heat losses. Lower heat loss

is expected at higher engine speed due to shorter time availability during combus-

tion cycle.

Fig. 7.26 Variations in HCCI engine exhaust gas temperature with intake temperature at

1200 rpm for gasoline [21]
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The effect of different fuels on HCCI exhaust temperature with the different

amount of injected fuel energy is shown in Fig. 7.27b. Figure 7.27b depicts that on

increasing the energy input to the combustion cycle, exhaust gas temperature

increases significantly for all test fuels. Ethanol has higher exhaust gas temperature

as compared to gasoline and butanol at any particular energy input. The possible

reason for this observation is relatively higher octane number of ethanol than the

gasoline and butanol. Higher octane fuel requires high in-cylinder temperature for

auto-ignition, which may lead to higher exhaust gas temperatures. For constant

operating conditions, higher octane fuels have delayed combustion phasing, which

leads to higher exhaust temperature in HCCI combustion.

Figure 7.28 provides the summary of various factors influencing the HCCI

exhaust gas temperature. The main engine input parameters such as intake manifold

pressure (Pm), fuel octane number (ON), engine speed (N ) and coolant temperature

(Tc), intake manifold temperature (Tm) and equivalence ratio (Φ) directly influence

Fig. 7.27 Variations in

HCCI engine exhaust gas

temperature with (a) engine

speed and (b) energy input

for different test fuels [21]
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combustion phasing (CA50), burn duration (BD), heat loss (HL), energy input air

(EIA) and energy input fuel (EIF), respectively (Fig. 7.28). Interaction of these

factors sometimes makes complex behaviour of exhaust gas temperature, when

conflicting nature of effect occurs. The exhaust temperature is mainly affected by

change in combustion phasing when only intake manifold pressure varies, while

keeping other factors constant. Similar behaviour is also observed for octane

number (ON) of fuel. In the case of engine speed variation (while other factors are

constant), two parallel factors (delayed combustion timings and decreased heat

loss) govern the exhaust gas temperature. Increased heat loss and delayed combus-

tion timing are the two opposing factors that occur by lowering coolant temperature

while other operating parameters are constant. However, exhaust temperature can

either increase or decrease with increase in equivalence ratio. The exhaust temper-

ature depends on the competition of two opposing factors between the advanced

combustion phasing (position of heat release) and increasing amount of heat

released with higher input of fuel energy. First factor (advanced CA50) decreases

exhaust temperature, while second factor increases the exhaust temperature.

A study used steady-state experimental data of 221 test conditions using ethanol,

butanol and gasoline for naturally aspirated conditions to determine empirical

correlation for providing clear understanding of the variation in HCCI exhaust

temperature. Parameters selected to characterize the HCCI exhaust gas temperature

are IMEP (bar) (magnitude parameter), engine speed (N ) (magnitude parameter),

CA50 (location parameter) and combustion duration (CA90–10) (dispersion param-

eter). The empirical correlation found to estimate exhaust temperature well for the

experimental data is represented by the equation 7.3.

Te ¼ aþ b IMEPð Þ þ c CA50ð Þ þ d CA90�10ð Þ þ e Nð Þ ð7:3Þ

where CA90–10 is combustion duration in CAD, N is engine speed in rpm and a, b, c,
d and e are the constants determined using regression of experimental data.

Fig. 7.28 Summary of different factors affecting the HCCI exhaust temperature [48]
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Resulting values of constants are found as a ¼ 45.0791, b ¼ 37.697, c ¼ �0.434,

d¼�0.939 and e¼ 0.052, respectively (R2¼ 0.9456). The results indicate that this

simple correlation captures the trend of Te variations and presents good agreement

with the experimental data for the majority of operating conditions. An uncertainty

of �16.2 �C is found in the predictions using this correlation.

Another study also found a correlation to characterize the exhaust gas temper-

ature in HCCI engine at constant speed. The empirical correlation found to estimate

exhaust temperature well for the experimental data is represented by the equation

7.4 [48]

Te ¼ aþ b
qf

Cv,mixTad

þ c ln CA50ð Þ½ �2 ð7:4Þ

where a, b and c are empirical constants, qf is specific fuel energy input (kJ/kg), Cv,

mix is constant volume specific heat of mixture and Tad is mean constant volume

adiabatic flame temperature. An uncertainty of�23.7 �C is found in the predictions

using this correlation.

At higher engine loads (IMEP> 8 bar), exhaust gas temperature in HCCI engine

is found to be higher than 300 �C for well-mixed as well as partially stratified

charge conditions [28]. The higher exhaust gas temperature can be more effective

for HC reduction using oxidation catalyst as well as more effective for driving a

turbocharger to achieve higher engine loads.

The exhaust gas temperature is also lower at lower engine loads in other LTC

strategies such as RCCI combustion. Figure 7.29 shows the exhaust gas temperature

Fig. 7.29 RCCI exhaust gas temperature variations with engine load and speed (Adapted from [52])
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variations with engine load and speed in RCCI combustion using gasoline/diesel.

The RCCI map is determined using self-imposed constraints of peak pressure rise

rate of 10 bar/CAD (high load) and a CO emission limit of 5000 ppm (lower load

limit). The RCCI map is estimated without EGR by using a mix of single and split

diesel injections for best brake thermal efficiency and lowest possible NOx emis-

sions. The low combustion temperatures from RCCI engine result in lower exhaust

temperatures. Figure 7.29 depicts that there is large portions of the RCCI operating

map having exhaust temperature below 200 �C. Lower exhaust gas temperature

conditions combined with higher CO and HC emissions present a significant

challenge for exhaust after-treatment devices such as diesel oxidation catalysts.
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Chapter 8

Emission Characteristics

Abstract The main motivation for the study of low temperature combustion (LTC)

mode is its potential of significant reduction in the nitrogen oxides (NOx) and

particulate matter (PM) emissions as compared to conventional engine combustion

modes. This chapter presents regulated and unregulated emission characteristics of

LTC engines using ethanol and methanol fuel vis-�a-vis conventional fuels (gasoline
and diesel). Formation of NOx, unburned hydrocarbons, carbon monoxide (CO) and

PM from LTC engine at various engine operating conditions are discussed in detail.

This chapter also discusses the particle number and size distribution analysis of

LTC engines using gasoline-like fuels. Total particle number emission of soot

particles emitted from different LTC strategies (HCCI, PPC and RCCI) is

presented. Detailed discussion on effect of various engine operating parameters

on exhaust emission is presented in this chapter. Unregulated emissions (aldehydes,

alkanes, alkenes, alkynes, etc.) from LTC engines are also presented and discussed

in this chapter.

Keywords Combustion • Emissions • NOx • Particulate matter • CO • PAH •

Unburned hydrocarbons • LTC • PM • HCCI • N2O • EGR • PPC • RCCI • Particle

number • Formaldehyde • Ethanol • Gasoline

8.1 Nitrogen Oxide Emissions

The main nitrogen oxide species produced from automotive internal combustion

engines are nitric oxide (NO) and nitrogen dioxide (NO2), which are collectively

often referred as NOx. Ultralow NOx emission characteristics are one of the most

desirable advantages of different LTC strategies (HCCI, PPC and RCCI)

[1, 2]. Thus, LTC strategies are the methods for in-cylinder NOx emission reduction

from automotive combustion engines. In-cylinder NOx production can be under-

stood in terms of the reaction mechanisms for the formation and removal of NOx

during engine combustion process.
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8.1.1 NOx Formation Mechanism

Automotive engines mainly emit NO as the primary nitrogen oxide created by

oxidation of molecular nitrogen contained in the air during combustion in the

cylinder. During engine combustion process, NO can be produced from N2 by

three main reaction pathways: (i) the thermal NO mechanism, (ii) the prompt NO

mechanism and (iii) the N2O mechanism [3]. There is also growing evidence of a

fourth reaction mechanism involving NNH for NOx formation [4, 5]. The thermal

NO formation mechanism consists of mainly three reversible reactions, which are

often known as extended Zeldovich mechanism [6–8]. The three main reactions are

R1, R2 and R3:

Oþ N2 $ NO þ N R1ð Þ
Nþ O2 $ NO þ O R2ð Þ
Nþ OH $ NOþ H R3ð Þ

The key parameters leading to thermal NO formation during engine combustion

process can be estimated by using an equation for the maximum NO formation rate.

Expression for the maximum NO formation rate can be calculated from kinetics of

the reactions (R1–R3) by using quasi-steady-state approximation for N-atoms and

assuming equilibrium values in burned gases for few species (for detailed deriva-

tion, see study [3]). The simplified maximum NO formation rate derived in the

study [3] is given by Eq. (8.1):

d NOð Þ
dt

� �
max

¼ 1:70� 1017T�1=2exp �69750

T Kð Þ
� �

� O2ð Þ1=2eq N2ð Þeqmol=cm3=s ð8:1Þ

Equation (8.1) shows the stronger dependences of gas temperature after com-

bustion and comparatively weaker dependency on the O2 concentration in the

burned gas on thermal NO formation rate. In automotive engine combustion

process, thermal NO mitigation methods are directed towards reducing the NO

formation rate instead of enhancing the NO removal rate [3]. The NO removal rate

in the cylinder is very slow at typical engine combustion temperatures. For tem-

peratures above 1800 K, the NO formation rate increases rapidly. Reaction (R1) is

typically accepted as being the rate-determining step because of its high activation

energy. The last reaction (R3) is typically negligible except in fuel-rich flames

[9]. In HCCI combustion, lower combustion temperature leads to lower NOx

emission through this mechanism (thermal) for gasoline and diesel engines

[8]. Equation (8.1) also reveals that the quantity of NO produced during combustion

also depends on time, particularly the time for which the burned gas temperature is

high. Thus, thermal NO formation reaction in engine combustion is mainly depen-

dent on temperature, residence time and oxygen concentration [9, 10].

398 8 Emission Characteristics



Measured values of NO concentrations on the air side of hydrocarbon diffusion

flames or close to the flame zones of hydrocarbon–air depicted that the maximum

NO formation rates are higher than the maximum NO formation rate provided by

Eq. (8.1) [3]. Bowman [3] identified the three mechanisms for this higher NO

formation rate: (i) super equilibrium O and OH radical concentrations, which

accelerate the thermal NO reaction rates, (ii) a reaction sequence initiated by

reactions of hydrocarbon radicals with molecular nitrogen [11] as shown in

Fig. 8.1 and (iii) reaction between the nitrogen containing radical NNH and O

atoms present in the burned gas [5, 12]. Combustion conditions in the chamber

determine the relative importance of the three mechanisms of prompt NO formation

[3]. Acceleration of thermal NO formation rate by super equilibrium O and OH

concentrations can be important in non-premixed flames, in low-pressure premixed

flames and in stirred reactors for lean fuel–air mixtures. Prompt NO formation

occurs by reaction pathway of Fig. 8.1 for close to stoichiometric and rich premixed

hydrocarbon–air flames and for hydrocarbon–air diffusion flames. Prompt NO

formation through NNH mechanism is important in lower temperature flames [5].

Prompt NO formation mechanism can play key role during initial stages of

HCCI combustion because prompt NO formation needs the presence of hydrocar-

bon radicals. Some amount of prompt NO can also be produced after finishing of the

HCCI combustion, when hydrocarbons contained in the crevice region of the

combustion chamber comes out and mixes with combustion products. During this

process, temperature is not enough to completely oxidize the hydrocarbons, but

NOx formation can take place through the prompt NOx formation mechanism [8].

In low temperature combustion strategies, theoretical chemical kinetic analysis

depicts that the “prompt” and “via N2O” formation mechanisms are significant and

cannot be neglected [13–16]. The NO formation during combustion can also take

place by a reaction pathway that involves the formation of N2O by the three-body

recombination reaction (R4) (M ¼ any collision partner) [3, 17, 18]:

Fig. 8.1 Principal reaction

pathways for prompt NO

formation [3]
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Oþ N2 þM $ N2OþM R4ð Þ

The N2O produced in the chamber then reacts with atomic oxygen to form NO

via reaction (R5):

N2Oþ O $ 2NO R5ð Þ

Importance of the NO formation via the nitrous oxide pathway increases with

decrease in fuel–air ratios (lean mixture), decrease in burn gas temperature or

increase in pressure. The N2O mechanism is more significant at low NO emission

conditions such as HCCI engines [3]. Another study demonstrated that for moderate

NOx levels (in the range of 10 ppm), N2O reactions play an important role in the

NOx formation, and N2O is also expected to be present in HCCI engine exhaust

[16]. Study also showed the NOx in exhaust is highly sensitive to combustion

temperature; however, N2O formation has weak negative temperature dependence.

The N2O emissions are not regulated for automotive engines presently. However,

N2O is a very stable molecule with a lifetime of about 120 years in the troposphere

and has a global warming potential of 296 times of carbon dioxide [19, 20]. The

N2O formation normally takes place at relatively low combustion temperatures. A

study experimentally showed that N2O emissions are very low (<0.5 ppm) for

normal HCCI operating conditions and increases when incomplete combustion

occurs in the cylinder [8]. Figure 8.2 shows the effect of air–fuel ratio and exhaust

gas recirculation (EGR) on NOx and N2O emissions in HCCI engine. Figure 8.2a

shows that comparatively high NOx emissions (30 ppm) are found at rich mixture

conditions, and NOx emissions decrease gradually as charge becomes leaner due to

reduced combustion temperature and retarded combustion phasing. Very low NOx

concentrations (<5 ppm) are observed over a wide range of air–fuel ratios, which

reflects one of the desired characteristics of HCCI combustion. NOx emission is

minimum (1.4 ppm) at air–fuel ratio of 50, and it starts increasing with further

leaning of the charge (increase in air-fuel ratio). As air–fuel mixture becomes fur-

ther lean (air–fuel ratio >50), the mean combustion temperature is expected to

further decrease and further retard combustion phasing along with lower combus-

tion efficiency (incomplete combustion) as presented in Fig. 8.2a. Thus, increase in

NOx cannot be explained in terms of thermal NO production. NOx formation via

N2O intermediate mechanism under fuel lean conditions is already discussed.

Figure 8.2a shows that N2O emission is almost constant for air–fuel ratios between

35 and 45, and it starts increasing with further leaner mixtures. The higher levels of

N2O can possibly enhance the formation of NO in HCCI combustion [8]. Similar

phenomenon is observed with the variation of EGR at constant air–fuel ratio

(Fig. 8.2b).

Figure 8.2b shows the effect of EGR on NOx emissions at constant air–fuel ratio

of 40. The NOx emission is reduced with increase in EGR rate of up to 27%, and

further increase in EGR rate increases the NOx emissions, although mean combus-

tion temperature is expected to decrease further along with retarded combustion

phasing and lower combustion efficiency (Fig. 8.2b). Figure 8.2 also depicts an
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increase in N2O emissions (for EGR rate higher than 27%), which may enhance the

formation of NOx. A peak value of N2O emission is observed at EGR rate of 31.8%,

and further increase in EGR rate decreases the N2O emission, but NOx emission

continued to increase (Fig. 8.2b).

The NOx emitted from combustion engines mainly consists of NO and NO2.

Measured NO2 emissions from SI engines are comparatively lower than diesel

engines (NO2 can be 10–30% of the total NOx in diesel engine) [21]. Main NO2

formation reaction pathway is by reaction (R6) [3]:

NOþ RO2 ! NO2 þ RO R6ð Þ

In this reaction, RO2 is a peroxy radical and the R is an H atom or an alkyl group.

In low temperature zones of flames, RO2 is relatively stable. Peroxy radical (RO2)

Fig. 8.2 Effect of (a) air–fuel ratio and (b) EGR (at constant air–fuel ratio) on NOx and N2O

emissions in HCCI engine [8]
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can react with NO produced in high temperature zones and can be transported to

lower temperature zones by diffusion. The NO2 formed by reaction (R6) can be

converted back to NO through reactions (R7) and (R8) [3]:

NO2 þ H ! NO þ OH R7ð Þ
NO2 þ O ! NOþ O2 R8ð Þ

The NO2 removal by (R7) and (R8) is fast at higher temperatures (T > 1500 K)

due to the availability of large radical pool in the combustion products. Typical

lifetime of NO2 in combustion products at 1500 K is lower than 10 ms [3]. Hence,

presence of NO2 in the engine exhaust is because of the reaction quenching by

mixing with comparatively cooler fluids. The high proportions of NO2 found from

some HCCI engines are an effect from the simultaneous presence of hydrocarbons

and NO. The presence of NO2 is likely due to temperature inhomogeneities, poor

mixing and slow overall combustion. Thus, it may be an indicator of poor com-

bustion efficiency and large heat losses in HCCI combustion [16]. Flow reactor

experiments also showed that certain hydrocarbons, especially propane and ethyl-

ene, promote the conversion from NO to NO2 [22]. The NOx emission at leaner

mixture conditions may contain higher NO2 fraction (Fig. 8.2), where NOx emis-

sions continue to increase after the peak of N2O emission, which is supposed to

enhance the NO formation.

Figure 8.3 shows the variations of NO and NO2 formation in the cylinder with

respect of crank position in ethanol HCCI engine at different relative air–fuel ratios

(λ ¼ 4, 5, 6). Figure shows that both NO and NO2 emissions decrease rapidly as

mixture becomes comparatively leaner due to the reduction in combustion temper-

ature. The NO formation in the cylinder is maximum during combustion zone due

to higher combustion temperature, which decreases as piston moves away from

TDC and cylinder volume increases. Figure 8.3b shows the NO2 formation reaches

peak and remains constant at later crank position. However, NO formation in the

cylinder achieves a maximum value and then decreases due to reburn (NO removal)

in next few crank angle.

The final amount of NO produced from engine combustion is the balance of NO

formation (by mechanism described above) and NO removal via reburn [3]. The

important reaction pathways for reburn are the reactions of the radicals CH3 and

HCCO with NO to produce cyano-species [3, 23]. Elementary reactions that partic-

ipate in the reburn (NO removal) process are presented by reactions (R9–R11):

CH3 þ NO ! HCNþ H2O R9að Þ
CH3 þ NO ! H2CNþ OH ðR9bÞ

HCCOþ NO ! HCN þ CO2 R10að Þ
HCCOþ NO ! HCNOþ CO R10bð Þ

At higher temperatures, the reaction of NO with CH contributes to NO removal

by reaction (R11):
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CHþ NO ! HCNþ O R11ð Þ

The NOx emission characteristics in different LTC strategies and effect of

different engine operating conditions on NOx emission are discussed in the next

subsection.

8.1.2 LTC Engines’ NOx Emission Characteristics

One of the main advantages of LTC engines is the ultralow NOx emission. How-

ever, NOx emission depends on the engine operating conditions as well as fuel for a

particular LTC strategy. Figure 8.4 shows the effect of different engine operating

Fig. 8.3 In-cylinder history

of (a) NO (b) NO2

formation for different λ
during ethanol HCCI

combustion [13]
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parameters on NOx emission in HCCI engine. Figure 8.4a shows the effect of

maximum mean gas temperature (Tmax) on NOx emission in methanol HCCI

engine. Different maximum mean gas temperatures are obtained using engine

operation at various intake air temperatures (Ti) and λ. Figure 8.4a depicts that

the NOx formation rate increases rapidly (almost exponentially) with increased

mean cylinder temperature over 1800 K. Trend of graph is similar to the maximum

NOx formation rate depicted by Eq. (8.1). Figure 8.4b shows the effect of

Fig. 8.4 (a) Measured NOx as function of maximum mean gas temperature [1]. (b) Effect of

combustion phasing (CA50) on NOx emissions for different λ [24]. (c) Effect of IMEP and inlet

temperature (Ti) on NOx emission for gasoline and ethanol at 1200 rpm (Adapted from [24]). (d)

Measured NOx as function of λ for different fuels and IVO timings (Adapted from [25])
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combustion phasing (CA50) and intake air temperature on NOx emission at different

λ for gasoline HCCI combustion at 1200 rpm. Figure 8.4b depicts that NOx

increases as CA50 advances at each λ due to higher combustion chamber temper-

ature at advanced combustion phasing because of early ignition at higher intake

temperatures. For combustion phasing after 6 CAD aTDC, formation of NOx is very

low (<0.05 g/kWh). Figure 8.4c shows the effect of engine load on NOx emissions

at different intake temperature for gasoline and ethanol. Figure depicts that NOx

formation increases drastically with engine load at each intake air temperature for

both the fuels. On increasing engine load, combustion chamber temperature

increases due to combustion of higher amount of fuel burned in the cylinder in

order to produce higher IMEP at each intake air temperature. NOx emission is very

Fig. 8.4 (continued)
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low (<0.05 g/kWh) for IMEP up to 4 bar (Fig. 8.4c) for both gasoline and ethanol.

Figure 8.4d shows the variation of NOx as function of λ for different fuels (gasoline,
ethanol and methanol) at two different intake valve opening (IVO) timings for

residual trapped HCCI combustion. Figure 8.4d depicts that the NOx emission

decreases with the increase in λ because the mixture becomes leaner, less fuel is

burnt and the combustion temperature decreases as well. Additionally, pure ethanol

(E100), pure methanol (M100) and 50% methanol blend with gasoline (M50) can

well reduce NOx emission in most of the test conditions as compared to gasoline. At

the both sets of valve timings, E50 cannot well reduce the NOx emission compared

with gasoline and emission level is similar to gasoline [25].

Figure 8.5 presents the variations of NOx emission in HCCI operating range using

gasoline, ethanol and methanol at 1200 rpm. Engine operating conditions having

RI< 6MW/m2 (knock region limit) and COVIMEP< 3.5% (misfire region limit) are

considered in HCCI operating range. Figure 8.5 depicts that HCCI combustionmode

leads to huge reduction in NOx emissions compared to conventional SI combustion

for all test fuels. For example, typical NOx emission in convention SI combustion is

approximately 2500 ppm (11 g/kWh) at λ¼ 1.1, 1600 rpm and ηv¼ 50% [21], while

NOx emissions in HCCI combustion are typically an order of magnitude or even two

orders of magnitude (in some conditions) lower. This ultralow NOx emission is one

of the major benefits of HCCI combustion. NOx emissions are highest for richer

mixtures closer to the knock boundary and lowest for leaner mixtures closer to the

misfire boundary for all test fuels (Fig. 8.5) due to lower combustion temperatures at

leaner mixture. Figure 8.5 shows that the maximum raw emission of NOx is 45 ppm

(0.26 g/kWh, ISNOx) in HCCI operating range for all test fuels. NOx contour lines

are inclined more towards horizontal axis (Fig. 8.5) indicating higher contribution of

λ in NOx emissions in comparison to inlet temperature in HCCI operating range.

Thus, in HCCI operating range, NOx emissions are weakly sensitive to inlet tem-

perature in comparison to λ [1].
Figure 8.6 shows the variations of NOx and N2O emission at different engine

speed and load conditions for most efficient combustion phasing (achieved by

adjusting inlet temperature) in HCCI operating range obtained for ethanol. The

HCCI operating range is limited by combustion efficiency (>85%) and maximum

pressure rise rate (<5 MPa/ms). Engine operating condition satisfying this criteria

is considered in the HCCI operating range. Figure 8.6a shows that NOx emission is

ultralow (<0.04 g/kWh up to 4.5 bar IMEP) at lower engine loads for all the engine

speeds because of lower combustion temperature. Highest NOx is produced at

higher engine loads around 2000 rpm, which is typical engine speed corresponding

to the maximum torque for a diesel engine. Figure 8.6b depicts the N2O emission

map at the most efficient combustion phasing. Maximum N2O emission is observed

up to 2.7 ppm (Fig. 8.6b). N2O emission is higher at lower engine load (leaner

mixtures) and high speed conditions. This result is supported by experimental

study, which showed that N2O emission increases significantly at highly retarded

combustion phasing and incomplete combustion for heptane HCCI combustion [8].

The partially premixed combustion (PPC) is another LTC strategy, which often

uses direct injection gasoline-like fuels (to create stratification in cylinder), while
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Fig. 8.5 NOx emissions in

HCCI operating range at

1200 rpm for (a) gasoline,

(b) ethanol (c), methanol

[23]
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maintaining the benefits of HCCI combustion (detailed discussion is provided in

Chap. 2). Figure 8.7 shows the effect of engine operating conditions on NOx

emission in PPC engine. Figure 8.7a shows the NOx emission as function of

Fig. 8.6 Variation of (a) NOx and (b) N2O emissions with engine load and speed in HCCI

operating range (Adapted from [14])
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combustion phasing for different fuel composition and intake oxygen concentration

in PPC engine. Fuels designated in the graph show toluene to ethanol (T/E) ratio in

TERF (toluene ethanol reference fuel), which is used as oxygenated gasoline

surrogate. NOx emissions are found to be closely related to the combustion phasing

and decrease by retarding the combustion phasing independent on the fuels’ octane
number (Fig. 8.7a). Thus, NOx emissions are a function of cylinder conditions

rather than fuel properties directly. The time between the position where the

Fig. 8.7 (a) NOx emissions as function of combustion phasing for different fuel composition

(similar ID and RON) and different oxygen concentration in PPC combustion (Adapted from [26]),

(b) NOx emission as function of engine load for different gasoline-like fuels in PPC engine

(Adapted from [30, 31])
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thermal NOx formation starts and position when NOx reaction chemistry is frozen

by low combustion temperature due to piston movement is restricted at late CA50s

[26]. The levels of NOx mostly depend on the cylinder conditions during the period

of highest temperatures, which result in NOx formation. Figure 8.7a shows the NOx

levels decrease with decreasing inlet O2 concentration. The inlet O2 concentration

is controlled by the amount of EGR. Cooled EGR serves as a thermal sink and thus

decreases the combustion temperature leading to reduction in NOx emission.

Additionally, lowering the inlet O2 concentration decreases the ratio of specific

heat of the cylinder charge leading to lower compression temperatures, which

further decreases maximum combustion temperature [27].

NOx emissions in PPC engine do not correlate to RON numbers of fuel

[26]. Treating PRF (primary reference fuel) as a base fuel, it is evident that adding

toluene increases both NOx and smoke levels. Ethanol has the effect of decreasing

both NOx and smoke [26]. Fuel composition has an effect on PPC engine emissions.

At fixed value of the RON (research octane number) and ID (ignition delay), it is

easier to see the fuel composition effect on PPC engine emissions. For fixed value

of RON and ID, the ratio of toluene to ethanol is varied with values of 0, 0.75 and

3 (Fig. 8.7a). Figure 8.7a depicts that higher level of toluene in oxygenated gasoline

surrogate fuel leads to higher level of NOx emissions. Detailed investigation found

that increasing the ratio of toluene to ethanol (T/E) increases the emissions of NOx,

smoke and HC [28]. Another study also showed that fuels with aromatics extend the

duration of NOx formation due to local high temperature regions with combustion

of decomposed hydrocarbons [29].

Figure 8.7b shows the NOx emissions as function of engine load in PPC engine at

1300 rpm for two different compression ratios [30, 31]. Fuels designated as G.ON

x/y on the figure represents gasoline octane number, where ‘x’ is RON, and ‘y’ is
MON. Advanced fuel injection strategy consisting of two injections is developed in

order to run high octane number fuels in a compression ignition engine (PPC) and

simultaneously achieve high efficiency and low emissions [32]. The first injection is

performed very early in the compression stroke, and it is used to create a homoge-

neous mixture, while the second is injected around TDC, and its function is to

trigger the combustion event. The fuel amount in the first injection (always at �60

TDC) is independent on the engine load, and it is a function of only compression

ratio, reactivity of the fuel and EGR level. The load and combustion phasing are

controlled through the second injection. In this strategy, definite amount of EGR

has to be added to avoid pre-ignition of fuel injected by first injection

[33]. Figure 8.7b shows that for compression ratio 17.1, NOx emission steadily

decreases by decreasing the load from 12 to 4 bar IMEP due to lower combustion

temperature. Below 4 bar IMEP with most of the fuels, the specific NOx rises

because a decrease in gross indicated efficiency (NOx emission plotted with power

basis). Despite the different trends, 50% of EGR was enough to keep NOx below the

Euro VI threshold value of 0.40 g/kWh with most of the fuels [33]. At lower

compression ratio (CR ¼ 14.3), higher engine load is achieved using the same

fuel injection strategy. The combination of 50% of EGR and 14.3 in compression

ratio allowed keeping NOx below 0.3 g/kWh even at 18 bar gross IMEP. NOx
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emission decreases with decrease in engine load for this case also because of lower

combustion temperature [30].

Dual fuel reactivity controlled compression ignition (RCCI) is another LTC

strategy, used to achieve higher fuel conversion efficiency along with simultaneous

reduction of NOx and PM emissions by using two fuels of different reactivity

(detailed discussion is provided in Chap. 2). Figure 8.8 presents the effect of engine

operating conditions on NOx emissions in RCCI engine. Figure 8.8a shows the NOx

as function of engine load in RCCI engine using gasoline/diesel (G/D), gasoline–

ethanol blend (E85)/diesel (E85/D) and gasoline/gasoline with di-tertiary butyl

Fig. 8.8 (a) NOx emissions as function of engine load in RCCI combustion with different fuels

(Adapted from [34]), (b) NOx emission as function of diesel injection timing for different gasoline

proportions in RCCI engine (Adapted from [35]), (c) NOx emission as function of EGR percentage

in RCCI engine (Adapted from [36]), (d) effect of multi-injection on the NOx emissions in RCCI

combustion (Adapted from [36])
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peroxide (DTBP) additives (G/1.75%DTBP). Figure 8.8a depicts that RCCI com-

bustion strategy has lower NOx emissions below the 2010 EPA HD limit without

any exhaust after-treatment devices for all the test fuel combinations. Since the

formation of NOx is sensitive to the in-cylinder combustion temperature, the NOx

formation rate increases rapidly above the 1800 K combustion temperature. Low

temperature combustion in RCCI combustion mode is achieved using charge dilu-

tion (mainly by EGR), which leads to the lower NOx emissions. NOx emission

levels are slightly higher for E85/D than G/D RCCI combustion due to the different

requirement of EGR to control the pressure rise rate in the cylinder. RCCI engine

Fig. 8.8 (continued)
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operation with E85 had significant differences in the EGR requirement as compared

to gasoline/diesel RCCI operation. Specifically, mid-load E85/diesel RCCI opera-

tion did not require EGR, while gasoline/diesel required approximately 40%

[34]. The decreased EGR requirement of E85/diesel operation as compared to

gasoline/diesel offers additional benefits (such as higher thermal efficiency due to

increased ratio of specific heat) beyond the different air handling requirements [34].

In RCCI combustion, fuel injection of timing of diesel affects the combustion

and emission characteristics. Figure 8.8b shows the effect of diesel injection timing

on NOx emission for different gasoline proportions by using 40 and 50 mg/cycle of

gasoline in RCCI engine. Figure 8.8b indicates that NOx emission increases with

retard in fuel injection timings (for before TDC injection), and this trend is similar

for all the gasoline proportion. Retarded injection timing with fixed fraction of

gasoline or reduced fraction of gasoline at fixed diesel injection timing leads to

increase the charge stratification in the cylinder. At this condition, fuel reactivity

and local equivalence ratio significantly increased. In addition to this, combustion

duration and ignition delay also reduce, which results into advanced combustion

phasing [35]. At the advanced combustion phasing, peak pressure rise rate and

in-cylinder combustion temperature increases, which leads to higher NOx

emissions.

Figure 8.8c presents the effect of EGR and injection timings on NOx emission in

RCCI engine. Data presented in this figure is obtained at constant combustion

phasing for early and late injecting timings shown in Fig. 8.8c. Early (E-single)

and late (L-single) injection timings are defined with respect to injection timing of

27� bTDC, which leads to most advanced combustion phasing [36]. Advanced or

retard injection timing from 27� bTDC results in late combustion phasing than the

combustion phasing achieved at 27� bTDC injection timing. Very early or too late

diesel injection timing results into heavily retarded combustion phasing from the

TDC position, which results in unstable combustion [36]. For constant combustion

phasing at 8� ATDC, the effect of EGR on the NOx emission for early or late single

injection timings is presented in Fig. 8.8c. It can be noticed that NOx emission

reduces with an increases in the EGR percentage due to lower combustion temper-

ature with increase in dilution by EGR. Early single injection strategy prepares

more homogeneous and lean charge, while late single injection strategy prepares

inhomogeneous charge, and fuel may burn close to stoichiometric condition. With

early single injection, combustion of lean charge results into comparatively lower

combustion temperature. Therefore, comparatively lower NOx emission is observed

with early single injection strategy. Additionally, early single injection strategy is

less sensitive to EGR rate as compared to late single injection strategy [36]. RCCI

combustion mode achieved lower NOx level at higher loads even with compara-

tively low EGR rate by the using fuel reactivity gradient inside combustion

chamber.

Figure 8.8d depicts the effect of multiple direct injection timings on NOx

emission in RCCI engine. Data shown in figure is obtained by first varying pilot

injection timing (SOI-1) by keeping main injection timing constant, and then by

varying the main injection timing (SOI-2) by keeping pilot injection timing
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constant. NOx emission reduces with advanced pilot injection timings (Fig. 8.8d)

because with advanced pilot injection timings at constant main injection timing,

peak in-cylinder pressure and rate of heat release are lower. In addition to this,

combustion phasing is also retarded with an advanced pilot injection timing. For

advanced pilot injection, the injected fuel mixed well with premixed charge due to

higher availability of time for mixing. This leads to reduction in the local equiva-

lence ratio, which leads to retarded combustion phasing, resulting in lower com-

bustion temperature and lower peak heat release [36]. Therefore, NOx emissions are

lower when advancing the pilot fuel injection timing. Figure 8.8d also depicts that

NOx emission reduces with retarded main injection timing. At fixed pilot injection

timing, the peak in-cylinder pressure and rate of heat release reduces with retarded

main injection timing due to retarded combustion phasing. It leads to lower

combustion temperature and, thus, NOx emission reduces with retarded main

injection timings.

Figure 8.9 shows the NOx emission mapping with engine load and speed in

RCCI operation using gasoline/diesel (G/D) and ethanol–gasoline blend (E20)/

diesel–biodiesel blend (B7). Figure 8.9 demonstrates the potential of RCCI engine

to achieve EURO VI NOx levels in a heavy-duty engine. Figure 8.9a reveals that

RCCI engine mapping was only possible up to 50% engine load (load referred to

CDC at 1200 rpm) whatever the engine speed using gasoline/diesel, while maxi-

mum operable load to fulfil the different constraints simultaneously was 35% at all

engine speeds using ethanol blend (E20) and diesel blends (Fig. 8.9b)

[37, 38]. Engine operation methodology ensures to achieve the imposed limitations

of maximum PRR and COVIMEP without limiting the upper portion of the RCCI

engine map. Detailed methodology of engine operation is provided in original study

[37, 38]. Study illustrated that the main parameters to achieve stable RCCI opera-

tion are the diesel fuel injection timing and the fuel ratio of low and high reactivity

fuels. The EGR rate is also another important parameter to meet the required NOx

level. The NOx emission values are below EURO VI limit (0.4 g/kW h) for all

the test conditions (Fig. 8.9). Additionally, an increase in NOx levels is noticed as

engine load is increased, and NOx emission trends depicted a stronger dependency

on engine speed (Fig. 8.9a) especially for gasoline/diesel RCCI operation.

8.2 Carbon Monoxide Emissions

Carbon monoxide (CO) is one of the main regulated emissions from internal

combustion engines. The CO emission is a result of partial or incomplete oxidation

of the fuel in the cylinder, and it strongly depends on the combustion temperature

for homogeneous combustion of lean mixtures. Reaction mechanism involved in

the oxidation of fuel in LTC engines during low and high temperature heat release

is discussed in Sect. 2.2 of Chap. 2. Figure 2.1 (Chap. 2) presents the CO formation

region as function of local equivalence ratio and combustion temperature. The CO

formation is higher at comparatively lower combustion temperature and higher

414 8 Emission Characteristics



equivalence ratios. The CO-to-CO2 conversion reactions are especially sensitive to

the combustion temperature. Incomplete combustion occurs in HCCI engine

because the combustion temperatures at very dilute conditions are too low to

complete the CO-to CO2 reactions before quenching due to expansion cooling.

For HCCI operation with iso-octane and combustion phasing close to TDC, a

critical maximum temperature of 1450 K is identified for CO formation at

1200 rpm engine speed [39, 40]. In HCCI combustion, CO emission is dependent

on air–fuel ratio and combustion phasing. Richer fuel–air mixture and advanced

combustion phasing lead to comparatively lower CO emission, and at leaner

mixtures with retarded combustion phasing results into very high CO emission.

Fig. 8.9 NOx emission mapping of RCCI operation using (a) gasoline/diesel (Adapted from [37]),

and (b) ethanol–gasoline blend (E20)/diesel–biodiesel blend (B7) (Adapted from [38])
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Close to rich limit of HCCI combustion and with early combustion phasing, very

little CO is produced in the cylinder. But close to lean limit, high amount of CO can

be generated due to incomplete combustion [2, 41]. The HCCI engine operation

with incomplete bulk-gas reactions is not only undesirable from an emissions

standpoint but also can result into a substantial reduction in fuel economy due to

heavy deterioration in combustion efficiency [42]. A study investigated the sources

of the CO emissions in HCCI engines and found that the CO emission is influenced

by fluid–wall interactions, mixing of hot and cold air–fuel particles and the wall

temperature [43]. Inhomogeneities introduced by these factors play an important

role in the formation of CO emissions. The inhomogeneities occurring during

compression stroke affect the CO formation rate, and inhomogeneities persisting

in the expansion stroke dictate the level of HCCI exhaust CO emissions.

Figure 8.10 presents the effect of different engine operating conditions in HCCI

combustion engine. Figure 8.10a shows the variation of fraction of fuel carbon

converted into CO as function of fuel/air equivalence ratio (ϕ) for two fuels

(iso-octane and PRF80) in HCCI engine operation at constant combustion phas-

ing at TDC. Figure 8.10a depicts that for higher ϕ, the CO-to-CO2 conversion is

very effective for both fuels due to higher combustion temperatures. At higher ϕ, a
small amount of fuel carbon is left as CO in the engine exhaust, which is mostly

credited to late and incomplete oxidation of fuel contained in crevices [42, 44]. As

the ϕ is gradually reduced, the CO emission increases, first progressively and then

more quickly until more than 60% of the fuel carbon ends up as CO for the lowest

Φ. Intake temperature requirement for iso-octane is higher than PRF80 to maintain

the combustion phasing at TDC. Due to higher temperature operation, CO oxida-

tion takes place leading to comparatively lower CO emission in iso-octane than

PRF80.

A study investigated the reactions involved in the oxidation of CO into CO2, and

it suggested three most important pathways of CO oxidation (R12–R14) along with

the fraction of total CO2 produced by each of them [42]:

COþ OH ! CO2 þ H 78% of total CO2ð Þ R12ð Þ
COþ HO2 ! CO2 þ OH 7:2% of total CO2ð Þ R13ð Þ
COþ O2 ! CO2 þ O 1:5% of total CO2ð Þ R14ð Þ

Reaction R12 dominates the CO oxidation, and it is dependent on OH radical

concentration, which is sensitive to the charge temperature. The OH level drops off

rapidly by decreasing combustion temperature in the cylinder. Therefore, the OH

level becomes so low that the CO oxidation does not go to completion below a

particular combustion temperature. Combustion temperature is affected by com-

bustion phasing, which in turn affects the CO emission.

Figure 8.10b shows the variations of CO emission with combustion phasing

using gasoline at 1200 rpm for different λ in HCCI combustion. Combustion

phasing has almost linear correlation with CO emissions (Fig. 8.10b). On advancing

the combustion phasing, CO emission decreases due to increase in combustion
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chamber temperature, and there is more time available for in-cylinder oxidation.

Figure 8.10b also reveals that the richer mixtures (lower λ) have lower CO

emissions as compared to leaner mixtures. Late combustion phasing and leaner

mixtures result in higher CO emission from HCCI engines due to lower combustion

temperature. Figure 8.10c shows the variation of CO emission with maximummean

gas temperature of combustion chamber at 1200 rpm. Figure depicts that on

increasing the combustion chamber temperature, CO emission drastically reduce

for both fuels. The correlation of CO emission with Tmax is stronger than linear cor-

relation, and at combustion temperature below 1800 K, CO emission increases

rapidly. Figure 8.10d shows the CO emission as function of IMEP and intake air

temperature (Ti) using ethanol at 1200 rpm. The CO emission decreases radically

with increasing engine load for each Ti. This is due to increase in combustion

chamber temperature as higher amount of fuel burnt to produce higher IMEP.

Fig. 8.10 (a) CO emission as function of equivalence ratio [42]. (b) Effect of combustion phasing

on CO emission at different λ using gasoline [24], (c) CO emission as function of maximum mean

gas temperature at 1200 rpm [24], and (d) effect of IMEP and Ti on CO emission using ethanol at

1200 rpm [24] in HCCI engine
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Therefore, CO emission increases quickly with reduction in engine load, and it is

higher as compared to conventional engine combustion modes.

Figure 8.11 shows the CO emission as function of λ and Ti for gasoline, ethanol
and methanol in HCCI operating range at 1200 rpm. Figure shows that the contour

lines of CO emission are inclined, which indicates that CO is dependent on λ and Ti.
Higher horizontal inclination represents more dependency on λ. Operating condi-

tions close to the rich limit and knocking region lead to the advanced combustion

phasing and result into lower CO emission for all test fuels. But operating condi-

tions close to the lean limit and misfire region produce very high CO for all fuels.

The maximum CO emission is as high as 55 g/kWh for methanol. The CO emission

in HCCI operating range using gasoline is lower as compared to ethanol and

methanol at 1200 rpm. A study summarized the CO emissions from several

conventional CI engines used in various studies and found that CO emission from

Fig. 8.10 (continued)

418 8 Emission Characteristics



Fig. 8.11 CO emission as

function of λ and Ti in HCCI
operating range for

gasoline, ethanol and

methanol (Adapted from

[1])
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conventional CI engines is in the range of 0.5–15.0 g/kWh, depending on the engine

load and a variety of other factors [45]. Indicated specific CO emission (ISCO) in

Fig. 8.11 is in range of 5.0–55.0 g/kWh, depending on fuel and combustion timings.

Therefore, CO emission in HCCI engine is generally higher in comparison to

conventional CI engines.

Figure 8.12 presents the effect of combustion phasing and engine load on CO

emissions in PPC engines. CO emissions increased with retarded CA50 in PPC

engine (Fig. 8.12a). An increase in HC and CO emissions implies an incomplete

Fig. 8.12 (a) CO emissions as function of combustion phasing for different fuels and different

oxygen concentrations in PPC combustion (Adapted from [26]), (b) CO emission as function of

engine load for different gasoline-like fuels in PPC engine (Adapted from [30])
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PPC combustion. There are several potential reasons for an incomplete combustion,

but the main factor in relation to CA50 is the decrease in the in-cylinder temperature

during expansion stroke. In expansion stroke, cylinder temperature reaches a point

when the combustion is not able to complete while CA50 is retarded. The decrease

in temperature leads to lower reaction rate [26]. As the inlet O2 concentration is

decreased (dilution by EGR), the local combustion temperatures become lower,

leading to substantial increases in CO emissions. Fuel composition did not show an

effect on CO emissions; the observed trend in Fig. 8.12a is due to research octane

number (RON) variations in TERF, TRF (toluen reference fuel), ERF (ethanol

reference fuel) and PRF [26]. Figure 8.12b shows that CO emission decreases with

increase in engine load of PPC engines. The CO emission values in PPC engine (fig-

ure 8.12b) are comparatively lower than in HCCI engine (Fig. 8.11). For engine

load greater than 8 bar IMEP, the CO emission values are lower than EURO VI

legislation values (4 g/kWh). The low values of CO (Fig. 8.12b) and NOx

(Fig. 8.7b) emissions are suggesting that with high octane number fuels running

in PPC mode, it is possible to burn the fuel–air mixture in the temperature range

between 1500 and 2000 K. Combustion temperature higher than 1500 K is neces-

sary to promote the reactions of CO to CO2 conversion; on the other hand, it is

important to keep combustion temperature below 2000 K to avoid thermal NOx

formation [30].

Figure 8.13 shows the effect of engine operating conditions on CO emissions of

dual fuel RCCI engine. The RCCI combustion is a LTC strategy achieved by

controlling the reactivity in cylinder using comparatively lower amount of EGR.

Figure 8.13a shows the variation of CO and CO2 emission with engine load in RCCI

combustion using different fuels. Figure reveals that with an increase in the engine

load, CO emission decreases due to the higher combustion temperature with

increase in the engine load for all the fuels [46]. Similar trend is also observed in

another RCCI study [47].

Since the CO formation is strongly dependent on fuel–air ratio, thus, premixing of

fuel has significant effect on the CO emissions. Figure 8.13b presents the variations

of CO emission with methanol and gasoline premixing ratio in RCCI combustion.

The diesel injection timing has to be adjusted with increases in gasoline proportion

to maintain constant CA50 at any EGR rate. Figure indicates that with an increase in

the fuel premixing ratio, CO emission decreases for both the fuels (i.e. gasoline and

methanol). With an increase in the gasoline proportion, the global reactivity of the

mixture reduces, premixed combustion increases, and thus, comparatively higher

fuel will burn simultaneously to keep constant combustion phasing. This leads to

comparatively higher combustion temperature resulting in lower CO emission.

Figure 8.13b also depicted that CO emission reduces monotonically with an increase

in the methanol proportion. With an increase in the methanol proportion, mean

in-cylinder temperature increases (temperature distribution is shown in original

study [48]), which leads to reduction in the CO emissions. Oxygenated content of

methanol may also contribute in lower CO emission.

The premixed LTC engines are very sensitive to initial thermodynamic condi-

tions. Figure 8.13c shows the effect of intake temperature on the CO emission for

8.2 Carbon Monoxide Emissions 421



gasoline/diesel (dual fuel) and gasoline/gasoline þ 2-EHN (single fuel)

RCCI engine operation. With an increase in the intake temperature, combustion

phasing advances and peak heat release rate increases, which results in higher

in-cylinder combustion temperature. Thus, CO emission reduces with increase in

intake temperature for both the fuels. Figure 8.13c also reveals that gasoline/diesel

RCCI operation has a lower CO emissions as compared to gasolineþ 2-EHN RCCI

operation.

Fig. 8.13 (a) CO emissions as function of engine load in RCCI combustion with different fuels

(Adapted from [46]), (b) CO emission as function of different gasoline and methanol proportions

in RCCI engine (Adapted from [35, 48]), (c) CO emission as function of intake temperature in

single and dual fuel RCCI engine (Adapted from [49]). (d) Effect of multi-injection on the CO

emissions in RCCI combustion (Adapted from [36])
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Figure 8.13d shows the effect multiple injection timings on the CO emission in

RCCI combustion. Data shown in figure is obtained by first varying pilot injection

timing (SOI-1) by keeping main injection timing constant and then by varying the

main injection timing (SOI-2) by keeping pilot injection timing constant. With

advanced pilot injection timing (SOI-1), diesel is injected into cylinder at compar-

atively lower charge temperature. Due to higher ignition delay, charge gets more

timing for mixing, and it becomes more homogeneous and reduces the local fuel–

air equivalence ratio. The combustion of charge with lower local equivalence ratio

retards the ignition timing and lower peak of high temperature heat release rate

Fig. 8.13 (continued)
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achieved leading to lower in-cylinder combustion temperature. Thus, higher CO

emission is observed at advanced pilot injection, and it decreases as pilot retards.

Figure 8.13d also depicts that with retard in the main injection timing (SOI-2) while

keeping pilot injection timing constant, the CO emission increases due to retarded

combustion phasing. Retarded combustion phasing obtained due to late main

injection timing leads to lower peak in-cylinder pressure and heat release rate

[36]. It leads to reduction in the in-cylinder combustion temperature; thus, CO

emission increases with retarded main injection timing.

8.3 Unburned Hydrocarbon Emissions

Although LTC strategies are praised for potentially high fuel conversion efficiency

as well as ultralow NOx and soot emissions, LTC engines produce higher unburned

hydrocarbons (HC) and CO than conventional SI and CI engines, particularly at part

load engine operating conditions. In homogeneous charge spark ignition engines,

six significant sources of HC emission are identified: (i) combustion chamber

crevice volumes, (ii) flame quenching both at the wall and in the bulk, and

incomplete combustion, (iii) lube oil layers (fuel vapour absorption/desorption),

(iv) deposits on the combustion chamber walls (fuel vapour/liquid absorbed in

porous deposits), (v) liquid fuel in the cylinder (fuel does not evaporated and mix

with sufficient air to burn) and (vi) exhaust valve leakage [50]. In conventional

diesel engine, five main sources of HC emissions are identified: (i) overmixing of

fuel and air beyond lean flammability limits; (ii) under-mixing to fuel–air ratios that

are too rich for complete combustion; (iii) spray over penetration, i.e. impingement

of fuel spray on the cylinder wall; (iv) bulk quenching of combustion reactions due

to mixing with cool air or volume expansion; and (v) poorly atomized fuel from the

nozzle sac volume and nozzle holes after end of injection [51]. Several sources of

unburned HC emission are present in LTC engine depending on the combustion

strategies. In HCCI combustion, charge preparation is similar to SI engine and

combustion imitated by autoignition. Therefore, main sources of HC emissions in

HCCI engines are incomplete combustion (partial burning and misfiring), crevice

volumes, wall quenching and adsorption/desorption of fuel vapours into oil layers

of the cylinder walls. The crevice volume between the piston and cylinder liner with

narrow entrances is one of the primary sources of HC emissions by trapping fuel

vapours [52]. Crevice volume can also contribute to HC emission in LTC strategies

such as PCCI and PPC, where early direct injection of fuels is used for charge

preparation as fuel gets more time to mix with air. Bulk quenching is another

mechanism of HC emission in LTC strategies due to incomplete oxidation reaction

because of lower combustion temperature and/or local equivalence ratio is too fuel

lean or too fuel rich [53].

Figure 8.14 presents the effect of different engine operating conditions on HC

emissions from HCCI combustion engine. Figure 8.14a shows the variation of total

unburned hydrocarbon (THC) emission with combustion phasing (CA50) for
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gasoline at 1200 rpm at different λ. Combustion phasing has almost linear correla-

tion with THC emissions (Fig. 8.14a). The trend of THC emissions is very similar to

the trends of CO emissions (Fig. 8.10b). On advancing the combustion phasing or

Fig. 8.14 (a) Effect of CA50 on HC emissions at different λ for gasoline [24], (b) HC emissions as

function of maximum mean gas temperature. (c) Effect of IMEP and Ti on HC emissions for

gasoline and ethanol [24], and (d) HC emissions as function of EGR (Adapted from [54]) in HCCI

engine
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increasing intake air temperature, THC emission decreases due to increase in

combustion chamber temperature. It can also be noticed that richer mixtures have

lower THC emission as compared to leaner mixtures. Figure 8.14b shows the

variations of THC emission with maximum mean gas temperature (Tmax) of

combustion chamber at 1200 rpm in HCCI engine. Figure shows that in increasing

the combustion chamber temperature, THC emissions are drastically reduced for

both fuels. It is also observed that correlation of THC emissions with Tmax is

stronger than linear correlation and close to exponential correlation. As temperature

of combustion chamber falls below than 1700 K, THC emissions increase rapidly.

Figure 8.14c shows the effect of IMEP and intake air temperature (Ti) on THC

Fig. 8.14 (continued)
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formation using gasoline and ethanol at 1200 rpm. THC formation decreases

drastically with engine load at each intake air temperature for both fuels. On

increasing engine load, combustion chamber temperature increases due to higher

fuel quantity burnt to produce higher IMEP at each intake air temperature. It can be

noted that THC emission is very high (>10 g/kWh) for IMEP values less than 4 bar

for gasoline at each intake air temperature, and THC emissions for ethanol are

lower as compared to gasoline at 1200 rpm (Fig. 8.14c). Figure 8.14d shows the

variation of HC emissions with EGR in HCCI engine operated at constant fuel

quantity using ethanol and iso-octane. The use of EGR retards the start of combus-

tion and slows down the rate of combustion, which makes the engine to operate

with less combustion noise. To initiate the combustion near TDC, higher intake

temperature is used for higher EGR rate. The specific HC emissions decrease with

EGR (Fig. 8.14d). This may be due to reduced flow of exhaust gases with increase

in the amount of EGR as the volume fraction of unburned hydrocarbons does not

show any obvious dependence on the EGR [54]. Utilization of EGR increases the

exhaust gas temperature, which increases the possibility of using oxidizing catalyst,

to oxidize the unburned hydrocarbons from HCCI engine.

Figure 8.15 shows the variations of THC emission using gasoline, ethanol and

methanol in HCCI operating range at 1200 rpm. Inclined contour lines of THC

emission indicate that THC emission depends on both λ and Ti. Typically, level of
THC emissions from HCCI engine is higher over the entire operating range in

comparison to conventional diesel engines. THC emissions increase with increase in

λ (i.e. leanermixture) due to comparatively lower combustion temperature achieved at

lean engine operation. These conditions lead to lower oxidation rate of the fuel and

incomplete combustion of some fuel/airmixtures during expansion stroke. Figure 8.15

also shows that mixture strength close to the rich limit and knocking region produces

lower THCdue to advanced combustion phasing and higher combustion temperatures.

However, engine operating points near lean limit or misfire region generates higher

HC due to late combustion phasing and lower temperature [1]. Maximum specific HC

emission in this study is around 18 g/kWh for gasoline and ethanol at lowest engine

loads.Methanol is found to have comparatively lowerHC emissions than gasoline and

ethanol in HCCI operating range (Fig. 8.15).

Piston top land crevices are one of main factors for higher HC emission in HCCI

engines. The top ring-land crevice region is fairly cold, and a temperature gradient

exists from the wall outwards through the boundary layer to the bulk gas, which is at

the highest temperature [55]. The temperature gradient is quite steep near the wall

and at the entrance to the ring-land crevice. This temperature gradient becomes

progressively less steep going away from the wall and is quite shallow as the

boundary layer merges into the bulk gas [55, 56]. The temperature gradient in the

boundary layer is very large during the late part of the compression stroke and the

early part of the expansion stroke. The temperature difference across the boundary

layer can exceed 1000 K as the mean cylinder wall temperature is about 450–500 K

and the maximum mean gas temperature is in the order of 1500–2000 K, depending

on the operating conditions. At particular equivalence ratio, combustion raises the

temperature above this initial distribution, by an amount proportional to the
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Fig. 8.15 THC emission as

function of λ and Ti in HCCI
operating range for gasoline,

ethanol and methanol

(Adapted from [1])
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combustion heat release. As equivalence ratio is progressively reduced, the reduced

combustion heat release causes increasingly greater regions of the charge mass to

fall below the temperature of complete combustion due to the shape of the

boundary-layer temperature gradient. Therefore, lowering equivalence ratio leads

to progressive change in the HC emissions [56]. The importance of piston top land

geometry on HCCI engine HC emission is investigated numerically and experi-

mentally [44, 57].

Figure 8.16a shows the variations of HC emission with λ for different top land

width in HCCI engine at different engine speeds. With the smallest top land width

Fig. 8.16 (a) Dependence of λ on HC emission for different top land widths at various engine

speeds in HCCI combustion (Adapted from [57]), (b) HC emission as function PFI injection

timings at 1500 rpm in HCCI engine for different fuel quantity injected per cycle [24]

8.3 Unburned Hydrocarbon Emissions 429



(0.26 mm), HC decreases with increased λ (leaner mixture) because less fuel will be

trapped in the top land and will not participate in the normal combustion process

(Fig. 8.16a). For lean mixtures (λ ¼ 3.5–4.5), an increase in top land width to

1.3 mm results in more HC and the trend is similar to that of the smallest top land.

At λ ¼ 3, a changing trend can be observed, and a further enrichment leads to a

decrease in HC, and at λ¼ 2.5, the amount of HC is lower compared to the 0.26 mm

top land width case (Fig. 8.16a). This observation suggests that some of the charge

trapped in the top land takes part in the combustion [57]. The largest top land width

(2.8 mm) shows the lowest overall HC, except at λ¼ 4.5, where the 0.26 mm case is

the lowest. At λ ¼ 2.5, HC is reduced by 45% compared to the 0.26 mm case at

700 rpm. Increase in engine speeds leads to lower HC emission for different top

land width except 2.8 mm case for λ > 3.0 (Fig. 8.16a). Study also found that the

HC emissions are much more sensitive to combustion phasing with a large top land

width and with a narrow top land geometry; only a modest change in HC emission

is noted with combustion phasing [57].

In HCCI engine, premixed charge preparation is typically done by port fuel

injection (PFI) strategy. In PFI engines, the fuel injector typically injects the liquid

gasoline at the back of the intake valve and surrounding intake port surface areas.

Only a small part of evaporates from fuel droplets produced during atomization,

and most of fuel impinge on the back of intake valve and associated port surfaces.

Thus, the behaviour of the liquid fuel after injection is strongly influenced by the

PFI timings relative to the inlet valve opening (IVO) and closing (IVC) timings

[50]. In closed intake valve PFI injection, the rapid backflow of burned gases from

the cylinder immediately following after IVO assists the fuel vaporization process

off the valve and port surfaces substantially [58], and almost all the gasoline fuel

enters the cylinder as vapour in fully warmed-up engine operating conditions.

However, in open valve PFI injection, higher amount of fuel can enter the cylinder

as liquid, as droplets or as ligaments entrained in the intake air flow. During the

intake and compression process, major fraction of entered liquid fuel evaporate and

mix with the in-cylinder air, fuel vapour, and residual gas, to form the normal

combustible mixture. The remaining liquid fuel entered in the cylinder (particularly

the less volatile fuel components) may be stored in the deposits, oil layers or

crevices, and come out into the bulk gases during the expansion and exhaust

processes. The incomplete oxidation of this fuel would contribute to the HC

emissions [50]. Figure 8.16b shows HC emissions as a function of the PFI start of

injection timings in HCCI engine for different fuel quantity injected per cycle at

1500 rpm. Shaded region in the figure shows the IVO duration. Figure 8.16b shows

that total unburned HC emissions are almost constant and independent of the fuel

injection timings in IVC timings as expected. However, HC emissions increase with

IVO injection timings because higher liquid fuel droplets enter the combustion

chamber.

Premixed charge compression ignition (PCCI) is low temperature combustion

strategy typically used for diesel-like fuels (detailed description can be found in

Chap. 2). In PCCI strategy, typically diesel is injected early in the compression

stroke to prepare the premixed charge. A study compared the effect of crevice
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volume and intake temperature (bulk quenching) in PCCI and conventional diesel

mode [59]. Figure 8.17a shows the effect of crevice volume on HC emissions using

different piston designs in PCCI and conventional diesel combustion (CDC) mode.

In CDC mode, the HC concentration is almost constant indicating no correlation

with crevice width and crevice volume. This is due to less time availability for fuel

to reach ring crevices as it rapidly burns because of diesel injection close to TDC.

However, in PCCI combustion mode, the HC emission increases proportionally

with the crevice width (for gap 1 mm or narrower) and remains at the same level for

higher width. Comparatively longer ignition delay (ID) in PCCI mode (due to

Fig. 8.17 HC emissions as function of (a) the piston top land crevice volume, and (b) intake air

temperature in PCCI and conventional diesel mode [59]
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early fuel injection at lower combustion temperature) provides more time for

mixing of fuel with air and to reach the fuel to the circumferential crevice. Fuel

trapped in the crevice volume is not able to burn if crevice width is narrower than

the quench distance leading to increase in HC emissions. Study concluded that the

piston top-ring crevice is one of the major sources of hydrocarbon emissions in the

PCCI engine [59].

Figure 8.17b shows the HC emission as function of intake temperature in PCCI

and CDC mode. Variations of HC emissions with respect to intake temperature

provide a good estimate of HC emissions by bulk quenching. Figure depicts that HC

emissions decreased as the intake air temperature increases in both the combustion

modes. The reduction effect gradually vanishes with increasing air temperature

more than 375 K. The HC emission reduction is observed to be up to 31% in PCCI

mode and 40% in conventional diesel mode in comparison to 300 K intake

temperature. The HC reduction effect is lower in PCCI combustion (in %, though

higher in concentration), in comparison to conventional diesel mode because the

bulk quenching contribution to the HC emissions in PCCI combustion is lower than

in conventional diesel combustion [59].

Figure 8.18 shows the effect of injection timings and engine load on HC

emission in PPC engine operated on diesel- and gasoline-like fuels. The typical

behaviour of the HC emissions with respect to start of injection (SOI) is indepen-

dent of the fuel, and a minimum HC emissions occur at an SOI of 21� bTDC for

both diesel and biodiesel (SME) (Fig. 8.18a) [60]. The HC emissions increase as the

injection timing is advanced or retarded from these timings. Increased emissions at

advanced injection timings are attributed to larger amounts of fuel penetrating into

the squish region [61, 62], and the increase at retarded timings to formation of lean

mixtures in the squish region incapable of completing combustion

[61]. Figure 8.18b shows the HC emission as function of engine load in PPC engine

using different gasoline-like fuels. Figure shows that except one conditions

(IMEP ¼ 5 bar for ethanol), HC emission below 2 g/kWh is achieved. This is

typically lower than in HCCI combustion (Fig. 8.14c) at similar engine loads. At

high load operating conditions, it is impossible to get the same values of HC

emission in diesel PPC [63].

Figure 8.19 shows the HC emissions as function of engine load, premixing ratio,

pilot and main diesel injection timings in RCCI engine. Figure 8.19a shows the

effect of engine load on HC emissions for conventional diesel and biodiesel

combustion mode as well as RCCI combustion mode. Conventional diesel com-

bustion mode has lower HC emissions as compared to RCCI combustion mode

(Fig. 8.19a). RCCI combustion has higher HC emission due to trapping of premixed

charge in the crevice volume and combustion at comparatively lower temperature

leading to incomplete combustion. CNG/biodiesel RCCI emitted lower unburned

HC in comparison to CNG/diesel RCCI operation (Fig. 8.19a). Since the biodiesel

has a higher oxygen content and cetane number, its combustion results in higher

in-cylinder combustion temperature due to advanced combustion phasing and

shorter ignition delay. Higher combustion temperature in CNG/biodiesel RCCI

mode leads to lower HC emissions [64]. Figure 8.19b presents the effect of fuel
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Fig. 8.18 HC emissions as function of (a) fuel injection timings using diesel-like fuels (Adapted

from [60]), and (b) IMEP (engine load) using gasoline-like fuels in PPC engine (Adapted from

[30])
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Fig. 8.19 (a) HC emissions

as function of engine load in

RCCI engine [64]. (b)

Effect of fuel premixing

ratio on HC emissions in

RCCI engine (Adapted from

[48, 65–67]). (c) Effect of

pilot and main injection

timings on the HC

emissions in RCCI engine

(Adapted from [36])
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premixing ratio on the HC emission in RCCI engine using different fuels. Fuel

premixing ratio plays a significant role in the formation of the HC emissions. HC

emission increases with an increase in the gasoline/natural gas premixing ratio

(Fig. 8.19b). With increase in the gasoline/natural gas fraction, global reactivity of

charge in the cylinder reduces, which leads to reduce the oxidation rate; therefore,

HC emission increases. With further increase in the fraction of gasoline/natural gas

premixing ratio, HC emission increases drastically. It attributes to poor combustion

process, which results in lower adiabatic flame temperature, and thus, higher HC

emission is observed. Figure 8.19b also indicates that in the case of methanol/diesel

RCCI operation, the HC emissions reduce up to 60% premixing ratio and further

increase in the premixing ratio, HC emission starts increasing. HC emission ini-

tially reduces due to increase in the in-cylinder combustion temperature, with

increase in the methanol fraction. Higher combustion temperature leads to increase

of the oxidation rate. Later on HC emission increases with increase in methanol

fraction due to the combined effect of shorter reaction time and longer delay period,

which reduces the combustion temperature [48]. Figure 8.19c shows the effect of

pilot and main injection timings on HC emission in RCCI engine.

Figure demonstrates that with an advanced pilot injection timing (SOI-1), the

charge becomes more homogeneous and reduces the local fuel–air equivalence

ratio. The combustion of charge with lower local equivalence ratio retards the

ignition timing and lower peak of HTHR obtained. It results in lower in-cylinder

combustion temperature, which leads to increase in the HC emissions. Figure 8.19c

also indicates that with retard of main injection timing (SOI-2), the HC emission

increases due to lower combustion temperature because of late combustion

phasing [36].

Figure 8.20 shows the HC mapping with engine load and speed in RCCI

operation using gasoline/diesel (G/D) and ethanol–gasoline blend (E20)/diesel–

biodiesel blend (B7). Figure 8.20a reveals that RCCI engine mapping was only

possible up to 50% load (load referred to CDC at 1200 rpm) whatever the engine

speed using gasoline/diesel, while maximum operable load to fulfil the different

constraints simultaneously was 35% at all engine speeds using ethanol blend (E20)

and diesel blends (Fig. 8.20b) [37, 38]. Methodology ensures to achieve the

imposed limitations of maximum PRR and COVIMEP without limiting the upper

portion of the RCCI engine map. Detailed methodology of engine operation is

provided in original study [37, 38]. Figure 8.20a shows that HC emission decreases

with increase in BMEP. The lower HC emissions are present in the region of the

map having high pressure rise rate and also higher combustion stability [37] due to

higher combustion temperature. Inside this region, the slight differences in the

values of HC emission are the result of variations in diesel injection timings,

stability and gasoline fraction of fuel. Figure 8.20 shows that RCCI combustion

produces higher HC emissions than conventional diesel combustion, but RCCI

operation with ethanol–gasoline blend (Fig. 8.20b) emits lower HC than RCCI

operation using gasoline/diesel (Fig. 5.20a).

Higher unburned hydrocarbon and CO emissions from LTC engines can be

reduced using the oxidation catalyst in exhaust line of the engine. Conversion

efficiency of catalyst depends on the exhaust gas temperature. In LTC strategies,
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exhaust gas temperature is rather low due to lean engine operation and fast

combustion in combination with a high compression ratio. Figure 8.21 shows the

effect of oxidation catalyst on HC and CO reduction as function of pre-catalyst

temperature in HCCI combustion engine. Figure 8.21a shows the λ and intake

temperature used in HCCI engine operation to achieve the reduction in HC and

CO shown in Fig. 8.21b. Figure 8.21b depicts the reduction in CO and HC

emissions as function of exhaust gas temperature for different catalytic coatings.

The HC reduction up to 90% is achieved at exhaust gas temperature of 340 �C

Fig. 8.20 HC emission mapping of RCCI operation using (a) gasoline/diesel (Adapted from [37]),

and (b) ethanol–gasoline blend (E20)/diesel–biodiesel blend (B7) (Adapted from [38])
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and at lower exhaust gas temperature reductions is comparatively very low. CO

oxidation has no problem with this catalyst above 240 �C, and reduction is more

than 98% for all the test conditions. In this temperature range, CO oxidation is less

dependent on the exhaust gas temperature as compared to HC (Fig. 2.21b). Catalyst

with higher concentration of platinum nitrate (PtNO3) provided the best HC

reduction characteristics among all catalysts evaluated at low exhaust gas

temperature [68].

Fig. 8.21 (a) Engine intake temperature and λ in HCCI operation and (b) Reduction in total

unburned HC and CO in HCCI engine using different oxidation catalyst (Adapted from [68])
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8.4 Particulate Matter Emissions

One of the main motivations for investigation of LTC engines is the potential of

ultralow particulate matter emissions. Particulate matter emission from automotive

engines is regulated by legislative agencies. Particulate matter formation in LTC

combustion engine is discussed in Chap. 2. Particulate matter is typically charac-

terized on mass basis (soot emission) as well as particle number basis. In latest

emissions norms, particle number is also regulated from automotive engines.

Particulate matter emitted from combustion engines has great impact on human

health and urban air quality, especially small-sized particles [69]. Diesel exhaust

particles mainly contain highly agglomerated solid carbonaceous materials and ash,

volatile organic carbon and sulphur compounds. A small fraction of fuel and

evaporated lubricating oil escape oxidation and appear as volatile or soluble organic

compound in the exhaust [70]. The soluble organic fraction (SOF) contains poly-

cyclic aromatic compounds containing oxygen, nitrogen and sulphur [71]. The

exhaust particle composition depends upon where and how they are sampled or

collected on the filter paper. Exhaust is typically diluted and cooled during sam-

pling process for the measurement of particulate matter. The processes of nucle-

ation, condensation and adsorption transforms volatile materials into solid and

liquid particulate matter [2]. The composition of particulate matter depends on

the engine operating parameters, conditions in the exhaust system and sampling

system. In the following subsection, soot emissions (on mass basis) and particle

number emissions from LTC engine are discussed in detail.

8.4.1 Soot Emission

8.4.1.1 Soot Formation and Composition

Carbonaceous particulate matter or soot is the product of fuel-rich mixture com-

bustion. Higher concentration of soot is manifested as black smoke emission in the

engine exhaust. Dry soot is primarily carbonaceous fraction of particulate, and its

typical chemical representation is C8H, C9H and C10H [72]. About 5 to 10% of

mass oxygen and 0.5% nitrogen are also present and typical empirical formula of

dry soot would be CH0.11O0.065N0.005 [51]. Electron micrographs show that soot

formed in the engine cylinder is aggregate of primary spherical particle of size

ranging from 10 to 80 nm, and most of them being in the range of 15–30 nm size

range [73]. A single spherical soot particle contains 105 to 106 carbon atoms.

Initially, soot particles have one hydrogen atom to about 8 carbon atom (C8H)n,

and during expansion, more hydrocarbons may be adsorbed on soot particles. The

primary soot particle form aggregates in the combustion chamber of about

100–200 nm in size containing over 100 primary particles. These aggregates may

further agglomerate to particles as large as 1 μm [51]. Fuel composition plays
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important role in soot formation, and effect of fuel type on soot formation is

different for premixed and diffusion combustion. For premixed flames, soot for-

mation tendency for different fuel types in the decreasing order is as follows [74]:

Aromatics > alcohols > paraffins > olefins > acetylene

For diffusion flames, pyrolysis of fuel molecule occurs and soot forming ten-

dency is in the following order:

Aromatics > acetylenes> olefins > paraffins > alcohols

Soot formation is kinetically controlled process and typically formed at C/O

ratio of 0.5–0.8 in practical systems. The critical C/O ratio for soot formation

increases with increase in temperature. Soot formation is strongly influenced by

combustion chamber pressure, and higher pressure results into higher soot forma-

tion [51]. Soot formation consists of four main stages, namely, (i) inception and

nucleation, (ii) surface growth, (iii) coagulation and (iv) oxidation.

Soot nucleation or inception process is a non-equilibrium process. Typically

three routes of soot formation is suggested [51]: (i) pyrolysis or thermal cracking in

oxygen-deficient environment, where large fuel molecule breaks into smaller mol-

ecule (most likely mechanism for soot formation), (ii) condensation reactions and

polymerization that result in larger molecules and (iii) dehydrogenation process that

increase C/H ratio of fuel molecule. The path of soot formation depends on

combustion temperature. At lower temperatures (<1700 K), condensation reactions

of aromatics and pyrolysis of other highly unsaturated hydrocarbons are likely to

form soot. Fragmentation of fuel molecules to smaller unsaturated molecules and

their consequent polymerization dictates the soot nucleation at intermediate tem-

peratures (>1800 K). Acetylene, polyacetylenes and poly-unsaturated hydrocarbon

radicals produced because of fragmentation reactions lead to soot formation. The

aromatic condensation method for soot nucleation is more direct and fast method

[51]. Acetylene and polyaromatic hydrocarbons (PAH) are known as the most

likely precursors leading to soot formation. The smallest PAH and building block

is benzene, which can be produced through many routes [75]. This PAH building

block grows further by an entropy-driven process of acetylene addition and hydro-

gen abstraction reaction called the HACA mechanism [76]. The conceptual model

of soot particle nucleation by three pathway (A, B,C) is presented in Fig. 8.22a. Path

A is illustrated by the growth of two-dimensional PAHs into curved structures;

paths B and C comprise the physical coalescence of moderate-sized PAHs into

stacked clusters and the chemical coalescence of PAHs into crosslinked three-

dimensional structures respectively [76].

Inception or nucleation produces a large number of small particles, which grow

in size due to gas phase deposition of intermediate combustion products on the

surface of nuclei. Important process involved in soot growth is shown in Fig. 8.22b.

During coagulation process, collision of two spherical soot particles may form

larger spherical particles. This process occurs in the beginning of particle surface

growth process, when the particles are still small (<10 nm). Once the particles have

become larger and solidified, surface growth decreases, and the particles resulting
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from collision resemble a cluster like a bunch of grapes [51]. Once the surface

growth ceases, particles coalesce in the shape of chain-like structure, and this

process is termed as aggregation (Fig. 8.23).

Fig. 8.22 (a) Conceptual mechanisms of soot particle nucleation [76]. (b) Important process in

soot growth [77]
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Oxidation of soot can occur at the stages of formation of precursors, nuclei,

primary soot particles and aggregates. A large fraction of soot formed early in the

combustion process is oxidized within the cylinder. Soot can be oxidized on

reactions with O, O2 and OH, which are potent oxidants [51]. The OH pathway

has been identified to be predominant for soot oxidation. From 10% to 30% of

collisions between a soot particle and OH radicals results into oxidation. As a result

of soot oxidation, the structure of soot particles changes and can lead to fragmen-

tation, which can result in a substantial increase in particle number [79].

8.4.1.2 Soot Emission in LTC Engines

Soot emission from engine is manifested as visible black smoke. All factors that

affect soot formation and oxidation also influence smoke. Smoke is generally a

result of very fuel-rich combustion and mainly related with combustion in diffusion

flames. With combustion of premixed stoichiometric or lean mixtures, smoke will

not be generated if the fuel–air mixture is well prepared. Typically, well-mixed

charge is used in HCCI combustion engines. Therefore, HCCI combustion does not

produce any detectable smoke with high volatility fuels, like gasoline and alcohol,

or with gaseous fuels, like natural gas [1, 45, 80]. Diesel fuel contains some very

heavy fractions that do not vaporize at normal induction conditions, and diesel

Fig. 8.23 Soot aggregates collected from RCCI engine exhaust at 4.4 bar BMEP and 1300 rpm [78]
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HCCI combustion can generate smoke in some cases. Figure 8.24 shows the

variation of smoke number in HCCI engine operated with gasoline-diesel blend

and neat diesel fuel. Figure shows that increasing the fraction of diesel fuel leads to

more smoke, when engine is operated with mixtures of gasoline and diesel fuel.

Figure 8.24 also shows an interesting behaviour found with diesel fuel regarding

soot formation in HCCI engine [81]. The soot emission increased strongly for

engine operation with advanced combustion phasing achieved by increased com-

pression ratio (Fig. 8.24). The HCCI engine operation with diesel produces much

smoke, and thus, diesel fuel port injection is not a suitable fuel injection strategy in

HCCI engine.

Figure 8.25 shows the smoke emission as function of combustion phasing and

engine load in PPC engines using different gasoline-like fuels. Figure 8.25a shows

soot emission as function of combustion phasing in PPC engine at 8 bar IMEP and

1500 rpm engine speed using a single injection strategy using TRF (15% toluene,

40% n-heptane and 45% iso-octane) and ERF (10% toluene, 40% n-heptane and

50% iso-octane). The fuel injection pressure strongly affected the smoke levels

(Fig. 8.25a). The smoke levels reduce by approximately 0.4 FSN (filter smoke

number) for TRF fuel as the fuel injection pressure increased from 800 to 1200 bar.

Three main factors are responsible for lower soot emission with higher injection

pressure. First, the residence time in the region with rapid soot formation in the fuel

jet is decreased due to higher penetrating speed of the jet at high injection pressure.

Fig. 8.24 Bosch smoke number as function of gasoline fraction of fuel and peak pressure position

in diesel HCCI engine (Adapted from [80, 81])
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Second, at higher injection pressure, the spray breakup and fuel–air mixing are

more effective in preventing the formation of locally rich regions, which would

produce significant amount of soot. Third, the turbulence is increased providing

more effective soot oxidization [26]. The ERF fuel produced lower levels of smoke

than the TRF fuels in PPC engine (Fig. 8.25a) due to oxygen content in ethanol,

leading to different characteristics of the soot formation and also a more effective

oxidization [82, 83]. Figure 8.25b depicts the soot emission as function of engine

load at two different compression ratios in PPC engine using different gasoline-like

fuels at 1300 rpm. Soot emission increases with increase in engine load (Fig. 8.25b).

Fig. 8.25 Smoke number as function of (a) combustion phasing (Adapted from [26, 27]) and (b)

IMEP in a PPC engine (Adapted from [30, 31])
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Figure shows that by reducing the compression ratio from 17.1 to 14.3, soot

emissions also lowered. Compression ratio is reduced to maintain a positive mixing

period at highest engine load conditions and, hence, obtaining kinetically controlled

combustion in the entire load range [31]. Engine load could also be increased from

12 to 18 bar gross IMEP by decreasing the compression ratio. Soot formation is

strongly governed by small variations in λ rather than minor variation in EGR rate.

Better tuning of λ at compression ratio 14.3 leads to roughly 60% reduction in soot

emission than compression ratio 17.1 for similar mixing period at high load and the

1300 rpm engine speed. The worst case soot of 2 FSN is observed at compression

ratio 14.3 at the highest engine load, which still considered relatively high and can

be eliminated with an up to date injection system [31]. Ethanol produces almost

zero soot (below 0.1 FSN) at 18 bar gross IMEP in PPC engine.

The RCCI combustion is another LTC strategy, which uses dual fuel of different

reactivity. It is already discussed in the Chap. 2 that RCCI combustion has potential

to reduce the soot and NOx emissions simultaneously to a very low level. Fig-

ure 8.26 shows the effect of injection timing on the soot emissions for different fuel

blends with various premixing ratios at low, medium and higher engine load

conditions. Green dashed line in the figure represents the EURO VI soot limit

(i.e. <0.01 g/kW-h) for heavy duty diesel engine. Figure 8.26 indicates that at

lower engine load condition, the soot emissions are ultralow for E20-95, E10-98

and E10-95. Additionally, soot emissions are lower than the minimum detection

limit of equipment (AVL 415S smoke meter) at some of the engine operating

conditions. With an enough advance injection timing, there is a sufficient time for

the mixing of charge before start of combustion. Thus, combustion of charge with

lower local equivalence ratio leads to very low soot emissions. In the case of E85

fuel, soot emissions are higher for lower fuel premixing ratio with advanced

injection timings. In general, at lower engine load, with lower fuel premixing

ratio, higher soot emissions are observed due to higher fraction of diesel fuel. At

medium engine load conditions, soot emission increases as compared to lower load

condition but still below the EURO VI limit at most of the conditions. The soot

emissions are lower with higher fuel premixing ratio, and injection timing has not

much significant effect at mid-load condition except delayed injection timing with

lower premixing ratio (Fig. 8.26). At higher engine load condition, the effect of fuel

premixing ratio can be easily observed. Figure indicates that at higher engine load

condition, soot emissions are higher for lower fuel premixing ratio, and for lowest

premixing ratio (i.e. 49%), soot emissions are higher than the EUROVI limit. Study

reported [84] that the difference in the concentration of soot emission for various

fuel blends is due to the difference in mixing time of fuel and air.

Figure 8.27 depicts the soot emission mapping with engine load and speed in

RCCI engine operation using gasoline/diesel (G/D) and ethanol–gasoline blend

(E20)/diesel–biodiesel blend (B7). Figure 8.27a reveals that RCCI engine mapping

was only possible up to 50% load (load referred to CDC at 1200 rpm) whatever the

engine speed using gasoline/diesel, while maximum operable load to fulfil the

different constraints simultaneously was 35% at all engine speeds using ethanol

blend (E20) and diesel blends (Fig. 8.27b) [37, 38]. Detailed methodology of engine
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operation is provided in original study [37, 38]. During experiments soot emission

levels are imposed as a key constraint with limit of 0.01 g/kWh, which is achieved

in the entire map. At 50% engine load, soot emission is very close to 0.01 g/kWh

particularly at 1200 rpm (Fig. 8.27a). Further increase in engine load exceeds the

imposed soot limit even for more than 90% premixed gasoline fraction [37]. These

high soot emissions are results of required delay in diesel SOI to avoid excessive

pressure rise rate at higher engine load. The mixing time for diesel injection is

reduced, and the richer mixture distribution at start of combustion promotes the

higher soot formation, which limits the RCCI engine map to 50% load of CDC.

Using ethanol–gasoline blends, also similar levels of soot emission are obtained,

and soot emissions are comparatively higher at higher engine loads (Fig. 8.27b).

Fig. 8.27 Soot emission mapping of RCCI operation using (a) gasoline/diesel (Adapted from

[37]) and (b) ethanol–gasoline blend (E20)/diesel–biodiesel blend (B7) (Adapted from [38])
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Soot emissions below the 2010 EPA HD limit can be maintained without using

any exhaust after-treatment devices at the engine loads achieved in RCCI combus-

tion modes.

8.4.2 Particle Number and Size Distribution

The HCCI combustion concept is well known for its potential of having ultralow

low NOx and particulate matter emissions. However, recent studies have demon-

strated that although the total particulate mass is indeed negligible, significant

numbers of particles are emitted of the size below 100 nm mobility diameter [85–

88]. Three different modes (nucleation, accumulation and coarse mode) of particles

are observed in engine exhaust as illustrated in Fig. 8.28. The nucleation mode

typically contains mainly volatile organic and sulphur compounds in particle size

range of about 3–30 nm, and comprises less than 10% of the particle mass but more

than 90% of the total particle number. The accumulation mode particles have

typical diameter ranges of 20–500 nm and contain mainly carbonaceous agglom-

erates and adsorbed material. Most of the particle mass is in the accumulation

mode. The size ranges and boundaries of these modes may shift and overlap with the

variations in engine, fuel and engine operating conditions; however, fundamental

structure remains the same [89]. The transition among the modes, the modal

Fig. 8.28 Typical engine exhaust particle size distribution by mass, number and surface area [89]

8.4 Particulate Matter Emissions 447



diameter and concentration can also vary depending on dilution and sampling

condition [89]. Figure 8.28 also depicts standard definitions of PM10, fine particles,

ultrafine particles and nanoparticles for comparison.

In HCCI combustion engine, premixed charge is typically prepared by PFI or

early direct injection of fuel. There are various factors that govern the particulate

formation and suggest that particulate number is non-negligible, especially when

particulate matter is defined as any dispersed solid or liquid particle-like material

suspended in the exhaust gas flow [88]. These factors include charge inhomogene-

ity, piston and wall wetting (in direct injection case), condensation nucleation, ash

and metal emissions, etc. Charge inhomogeneity (discussed in Sect. 2.2.4.6 of

Chap. 2) is one of the factors that can lead to particulate formation. Charge

inhomogeneity can be due to direct injection of fuel, and it is present in even PFI,

which has comparatively larger time to mix with air. Charge heterogeneity is also

partly a consequence of the wall wetting in the case of direct injection HCCI. In a

nominally stoichiometric mixture, if there is heterogeneity then locally rich region

occurs, which is the required condition for soot formation. Condensation nucleation

occurs after the combustion in the exhaust stroke and in the exhaust system, when

condensable species are forced into super-saturation by the cooling of the exhaust

gases. This material, which consists mainly of partially burned or unburned fuel and

lubricating oil, will condense homogeneously if the saturation ratio is high enough.

It can also condense onto existing nucleation sites or adsorb to the surface of

aggregated and agglomerated solid carbon particles, and this depends on the

number density of the accumulation mode PM [88]. The condensable particulate

fraction is expected to be significant in HCCI because of low temperature combus-

tion and higher unburned hydrocarbon emissions due to lower combustion

efficiency.

Figure 8.29 depicts the particle size number distribution for gasoline, ethanol

and methanol for different air–fuel equivalence ratio (λ) at 1200 rpm. Particle

number concentration increases with increase in rich mixture engine operation

and leaner mixture have comparatively lower particle number concentration for

all the fuels at constant intake temperature (Fig. 8.29). Peak concentration of

particles depends on the mixture strength (i.e. engine load). Methanol HCCI

combustion showed lower peak normalized number concentration in comparison

to gasoline and ethanol (Fig. 8.29). Figures also reveals that the particles in the size

range of 6–150 nm have significant concentration of particles. Mobility diameters

correspond to peak particle concentration shift towards lower diameter for leaner

air–fuel mixtures for all test fuels at fixed intake temperature (Fig. 8.29). Mobility

diameters corresponding to peak particle number concentration are in the range of

22–40 nm, 25–45 nm and 34–80 nm using ethanol, methanol and gasoline, respec-

tively, which indicated that ethanol and methanol HCCI particles are comparatively

smaller than gasoline. These mobility diameters corresponding to peak concentra-

tion in gasoline HCCI is larger in comparison to gasoline SI engine (<25 nm)

[90]. Figure 8.29 also depicts that gasoline particle size number distribution curves

have different behaviour than ethanol and methanol for mobility diameter less than

20 nm [85]. Particle number concentration in the size range close to 10 nm is in the
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Fig. 8.29 Particle size number distributions for gasoline, ethanol and methanol HCCI combustion

at 1200 rpm for different λ (Adapted from [85])

8.4 Particulate Matter Emissions 449



order 106 particles/cm3 for ethanol and methanol and even lower at low intake

temperatures. However, gasoline particle concentration in the size range of 10 nm is

in the order 107 particles/cm3, which is an order of magnitude higher than methanol

and ethanol (Fig. 8.29).

Another study showed that nearly all particles emitted from ethanol HCCI

engine using various control strategies are volatile, which means there are no

solid accumulation mode particles found in measureable concentration [87]. In

the absence of solid nucleation mode particles, only gas-to-particle conversion

processes take place as exhaust gas is diluted and cooled, leading to homogeneous

nucleation and condensation, which result in volatile nucleation mode particle

formation. In conventional CI engines, lubricating oil dominates the composition

of volatile nucleation mode particles and their characteristics with increasing

engine loads [91]. In HCCI combustion, higher combustion temperature might

lead to higher lubricating oil-related nucleation mode particle formation. Higher

combustion temperature can be achieved by richer mixture or higher intake tem-

perature operation of HCCI engine. Another study also showed that the volatile

particulates are composed of at least 95% compounds created from unburned

lubricating oil at light to moderate engine loads in CDC [92]. Lubricating system

configuration of HCCI engine is similar to CDC, and thus, delivery of lubricating

oil to the combustion chamber and associated processes in the combustion chamber

may also be quite similar [87]. Moreover, particle numbers increase at higher

temperature while unburned hydrocarbon emissions decrease. This might also be

contributed due to relatively higher breakdown of the lubricating oil film at higher

pressure rise rate in HCCI engines [85].

Figure 8.30 presents the effect of intake temperature and λ on the total particle

number concentration for gasoline–ethanol and methanol HCCI combustion. Gen-

erally, total particle number concentration reduced as charge becomes leaner. This

indicates that on increasing the fuelling (engine load), total particle number con-

centration increases. Total particle number concentration also increases with

increasing intake air temperature at constant λ (Fig. 8.30), possibly due to increase

in nucleation mode particles at higher intake temperature [85]. Total particle

concentration is observed in the range of 9.31 � 106–8.53 � 107 particles/cm3

(Fig. 8.30). Figure 8.30 depicts that methanol has comparatively lower total particle

concentration than ethanol and gasoline except two test points. Maximum value of

the total particle number concentration increases with increasing engine speeds for

gasoline but decreased for ethanol and methanol [85].

Figure 8.31 shows the effect of PFI timings on the particle number concentration

in methanol fuelled HCCI engine. Start of injection (SOI) timings 5, 70, 210, 500

and 600 CAD are selected in open (0 and 70 CAD) and closed intake valve

(201, 500, 600 CAD) conditions for investigation of particle number emissions

[93]. Various degrees of fuel unmixedness are caused by different SOI timings as

different SOI timings affect fuel mixing differently [94]. SOI in intake vale open

(IVO) conditions (5 and 70 CAD) have higher peak particle concentration in

comparison to SOI in intake valve closed (IVC) conditions because of higher

inhomogeneity is created by IVO fuel injection timings. For lower particle
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Fig. 8.30 Total particle number concentration as function of λ for gasoline, ethanol and methanol

HCCI combustion (Adapted from [85])
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emission, fuel injection must be in IVC conditions in HCCI engines [93]. The peak

particle number concentration occurs around the mobility diameter of 40 nm, and

significant number of particles appears in the size range of 10–150 nm (Fig. 8.31a).

Fig. 8.31 (a) Particle size

number distribution as

function of PFI injection

timing and (b) total particle

concentration as function of

PFI injection timing for

different intake temperatures

and fuel quantity in HCCI

engine (Adapted from [93])
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Figure 8.31b shows the total particle number concentration as function of PFI

timings for different intake temperature and λ. Shaded yellow region in the figure

represent IVO duration. Total particle concentration increases with increase in fuel

quantity per cycle at constant intake temperature of 150 �C (Fig. 8.31b). Total

particle number concentration increases as SOI timings get closer to IVO timings,

and concentration is highest for IVO injection. Figure 8.31b also depicts the effect

of intake air temperature on the total particle concentration for constant (25 mg/

stroke) fuel injection quantity. Total particle number increases with increasing

intake air temperature up to 170 �C, and further increasing intake temperature

does not increase the total particle number significantly. Total particle number is

found higher for IVO timings, and SOI timings between 210–500 CAD do not show

significant variations in the total particle number for most of the test conditions

(Fig. 8.31b) [93].

Figure 8.32 shows the effect of EGR on the particle number, and particle mass

distribution in an ethanol fuelled HCCI engine operated at intermediate load

(3.2 bar IMEP). Increasing EGR levels lead to reduction in both total number con-

centration and particle mobility diameter (Fig. 8.32a). The combined effect of these

two characteristics is a very significant reduction in particle mass concentration

(Fig. 8.32b). Higher EGR level leads to reduction in combustion temperature due to

higher specific heat species present in residuals. This effect is similar to decrease in

intake temperature (Fig. 8.30) and thus particle number trend is also similar.

Count mean diameter (CMD) represents the average particle size in the distri-

bution. The CMD provides a basis for comparing overall size of particles at

different engine operating conditions and fuels. The CMD is calculated as product

of particle diameter and corresponding concentration divided by total concentra-

tion. Similarly mass mean diameter (MMD) can be calculated [85]. Figure 8.33

shows the CMD and MMD as function of total concentration and total mass,

respectively, for gasoline, methanol and ethanol HCCI combustion at 1200 rpm.

Figure shows that the CMD of particles in gasoline HCCI combustion is in the

range of 32–80 nm. Ethanol and methanol have similar CMD in the range of

25–50 nm. This finding indicates that ethanol and methanol HCCI combustion

has comparatively smaller mean mobility diameter than gasoline HCCI combus-

tion. Lower CMD typically obtained at lower concentration of accumulation mode

particles or higher concentration of nucleation mode. Thus, ethanol and methanol

HCCI contains more number of nucleation mode particles. Lower total number

of particles is also obtained for conditions having comparatively lower CMD

using methanol and ethanol. Particle mass is computed using constant particle

density of 1.0 g/cm3. Figure 8.33b shows that total mass emission from gasoline

is comparatively higher than ethanol and methanol. The MMD of gasoline HCCI

particles is also larger than ethanol and methanol for most of the conditions. The

MMD is in the range of 50–200 nm for all test fuels. The MMD is typically higher

than CMD, which indicates that higher diameter particles contribute more to

particulate mass.

In comparison to HCCI, the PPC engine has advantages in terms of lower

unburned hydrocarbon and carbon monoxide emissions; however, soot emissions
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can be a challenge because of heavy fuel stratification in PPC and higher EGR is

used. In PPC strategy, NOx and soot can be reduced but this strategy comes with a

trade-off; increasing the EGR rate increases the soot formation, while lowering the

EGR rate increases the NOx formation [95]. This trade-off can be avoided

completely in PPC mode by using short carbon chain fuel such as alcohols,

which are known for very little soot formation during combustion [96]. The soot

Fig. 8.32 Effect of EGR on (a) mobility size-number distribution, (b) size-mass distributions in

ethanol HCCI combustion at 1500 rpm for fixed fuelling (Adapted from [87])
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emissions in PPC mode have strong dependency on the EGR rate of the engine.

Soot emissions touch a local maximum, when the inlet O2 concentration is

decreased to approximately 11–13% [97]. The intake O2 concentration lower than

this point will reduce the soot emission because of a decreased soot formation rate

leading to a “soot bump” [98].

Figure 8.34 shows the particle number concentrations as function of fuel injec-

tion timings in PPC engine without and with EGR operation using gasoline. Very

Fig. 8.33 (a) Total concentration as function of CMD, (b) total mass as function of MMD for

gasoline, ethanol, and methanol HCCI combustion at 1200 rpm (Adapted from [85])
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early fuel injection timings have HCCI-like engine operation because of well-

mixed charge due to more availability of time for mixing the fuel with air.

Figure 8.34a shows the particle size distribution without EGR case. Figure 8.34a

shows a unimodal particle size distribution for PPC engine for different fuel

injection timings, unlike the traditional bimodal shape of the diesel exhaust particle

size distribution, which consists of nucleation and accumulation mode particles

Fig. 8.34 Particle size and number distribution for different fuel injection timings using gasoline

for (a) no EGR, and (b) with EGR operation of PPC engine (Adapted from [99])
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(Fig. 8.28). Nucleation mode particles highly dominate all injection timings and

have the peak concentration around 15 nm except the HCCI-like conditions (SOI

120 CAD). The particle number concentrations from different injection timings are

quite comparable except earliest injection timings, which have uniquely high

particle number possibly due to spray impingement [99].

Figure 8.34b shows the effect of injection timings on the particle number distri-

bution in PPC engine operated with EGR (40–44%). Figure 8.34b shows that early

injection timings have similar trend of particle size distributions as the no EGR case.

With late injection (45 to 15 CAD BTDC) in the PPC regime, unlike the without

EGR cases, particle size distribution changes from a unimodal shape eventually into

a bimodal shape when retarding injection timing (Fig. 8.34b) [99]. In the whole

injection timing sweep, smallest nucleation mode is centred on 15 nm. Study also

showed that retard in very early injection timings leads to a relatively slight change

of decreased nucleation mode particle number concentration on the unimodal shape

particle size distribution, and this slight change indicates that fuel targets at the

piston top-land area [99]. At -17 CAD ATDC injection timing, the presence of large

particles in accumulation mode makes the size distribution bimodal, as an indication

of fuel targets into the bowl [99]. Further injection retard leads to increase in

accumulation mode particle number and dominates the particle size distribution

upon further injection retard. Along with increase in particle number, the size

distribution shifts to bigger size for both nucleation mode and accumulation mode

particles. In this stratified charge mode (delayed injection timings), the charge

inhomogeneity and the diffusive combustion of fuel droplets that are not yet

vaporized can be the main sources of particle formation [99].

Figure 8.35 shows the effect of fuel injection pressure and intake temperature on

particle size distribution in PPC mode for gasoline and ethanol. Fuel injection

pressure has different effects on particle size distributions for high and low reac-

tivity fuels. In diesel PPC, particle size distribution shifts to smaller size with

increase in injection pressure and particle number decreases [100]. In the case of

gasoline (RON69), a characteristic particle mode shift occurs when increasing

injection pressure (Fig. 8.35b). With increase in injection pressure first, accumula-

tion mode particles decrease with increase in nucleation mode particles. With

further increase in injection pressure, it mainly contains only nucleation mode

particles, and particle number also increases. In the case of ethanol, nucleation

mode particles dominate the size distributions, and higher injection pressure mainly

increases the particle number (Fig. 8.35b). Figure 8.35a shows the effect of intake

temperature on particle size distribution of ethanol and gasoline in PPC engine. In

ethanol PPC, a unimodal particle size distribution dominated by nucleation mode is

observed (Fig. 8.35a). However, in gasoline PPC, a bimodal size distribution highly

dominated by accumulation mode particles is found. Typically, increase in intake

temperature increases peak particle number concentration and corresponding

mobility diameter in PPC [100]. In ethanol PPC, mostly particles are in nucleation

mode and the size distribution is centred around 5 nm. Despite increased particle

number (with increase in intake temperature) and size, no significant increase in

mass concentration is observed for ethanol PPC due to the small size of

particles [100].
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Figure 8.36 shows the variation of total particle number as function of injection

timings and intake oxygen concentration in PPC engine. Figure 8.36a depicts that in

no EGR case, it generates mostly small particles (less than 35 nm) throughout the

injection sweep as the difference in accumulation mode and total particle concen-

tration is relatively large. Study also indicated that in EGR case a larger portion of

particles are in accumulation mode for very early injection in HCCI-like combus-

tion and late injections in PPC regime [99]. Figure 8.36b shows the total specific

particle number emissions, that is, the amount of particles emitted per kWh.

Figure 8.36b depicts that naphtha gasoline and methanol are mainly affected by

Fig. 8.35 Particles size distribution in PPC engine for (a) different intake temperatures, and (b)

different fuel injection pressure for gasoline and ethanol (Adapted from [100])
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inlet O2 concentration in terms of specific particle number emission. However,

ethanol is not affect significantly by inlet O2 concentration in terms of specific

particle number emission. Figure also depicts that methanol consistently produces a

Fig. 8.36 (a) Total particle number and accumulation mode particle variations with SOI without

EGR (Adapted from [99]), and (b) particle number (PN) as function of intake oxygen concentra-

tion for gasoline, ethanol and methanol PPC (Adapted from [101])
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significantly high amount of particle number. Particle number emissions of ethanol

combustion is lowest for most of the test cases (Fig. 8.35b).

The RCCI is another LTC strategy used to achieve higher thermal efficiency

along with lower NOx and PM emissions using dual fuel of different reactivity. In

RCCI mode, low reactivity fuel is injected in the intake manifold, and high

reactivity fuel (typically diesel) is injected directly in the cylinder. Although

smoke emissions are extremely lower, particle number emission needs to be

investigated. A study compared particle number emissions from the CDC, diesel

PCCI and RCCI strategies, and showed that RCCI combustion has lower particle

concentration compared to CDC and diesel PCCI, and large fraction of particles are

nucleation mode particles [102]. Figure 8.37a compared the different LTC strate-

gies (HCCI, RCCI, GCI) with CDC for particle number emissions. Lowest overall

particle concentration is obtained in HCCI mode particularly for particles larger

than 20 nm (Fig. 8.37a). The gasoline compression ignition (GCI) strategies

showed the highest concentrations for particles smaller than 10 nm, but in the

larger diameter range, relatively lower concentrations were found. The RCCI

combustion also has lower particle concentration than CDC.

Figure 8.37b shows the particle size number distribution from RCCI combustion

with a single-stage micro dilution tunnel system along with a PMP-style two-stage

dilution system. Single-stage dilution depicts a large number of nucleation mode

particles (Fig. 8.37b), and with second-stage dilution, these nucleation mode

particles vanished particularly at lower load (4 bar BMEP). This indicates that

these particles consist of volatile compounds. Higher volatile compounds at lower

engine loads are found possibly due to higher level of HC emission at lower loads.

A RCCI combustion study conducted using dual direct injection showed a

bimodal particle size distribution that was sensitive to the gasoline start of injection

(SOI), and the gasoline/diesel ratio [105]. Results also showed that advancing

in-cylinder gasoline SOI timings caused the number of nucleation mode particles

to decrease, while the number of accumulation mode particles increased, particu-

larly for the SOI range from �340 to �360� aTDC. Another study conducted for

investigating particle size distribution sensitivity to fuels with three combinations

of fuel sets diesel/gasoline, diesel-E85 (85% ethanol þ15% gasoline) and B20

(20% biodieselþ80% diesel)-gasoline [78]. Study showed no significant difference

in particle size distribution among fuel cases, indicating that particle size distribu-

tion from RCCI combustion is somewhat insensitive to fuel properties.

In RCCI combustion with dominating nucleation mode particles and high level

of unburned HC, it is expected that sampling and dilution conditions have a greater

impact on particulate matter concentrations and size distributions in comparison to

CDC. A study demonstrated that both the nucleation and the accumulation mode

particles are reduced with increased dilution ratio [105]. Another study also com-

pared the particulate matter emissions from RCCI, HCCI and CDC and demon-

strated that nucleation mode particle size is reduced and peak concentrated move

towards smaller particle diameters with increased dilution ratio [106]. Figure 8.38

shows the effect of dilution ratio and dilution temperature in RCCI combustion

using diesel-gasoline (D-G) and diesel-ethanol (D-E) along with conventional
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diesel combustion (CDC) mode. Study was conducted at low dilution temperature

and low dilution ratio (LDT þ LDR), low dilution temperature and high dilution

ratio (LDTþHDR), high dilution temperature and low dilution ratio (HDTþ LDR)

and high dilution temperature and high dilution ratio (HDT þ HDR) conditions for

Fig. 8.37 (a) Comparison of different LTC strategies for particle number emission (Adapted from

[103]), and (b) particle size number distribution from RCCI combustion at two different loads for

first and second-stage dilution (Adapted from [104])
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CDC and RCCI mode. Details about dilution conditioning can be found in original

study [107]. Figure 8.38 shows the ethanol/diesel (D-E) RCCI is the most sensitive

to the dilution ratio and dilution temperature. Peak of nucleation mode particles in

ethanol/diesel RCCI is reduced and moved towards shorter mobility diameters with

either increasing dilution ratio or dilution temperature. This results into significant

drop in total particle number and volume concentrations. For the high dilution

ration and high dilution temperature condition, the peak of nucleation mode

particles is vanished, leading to a particle size distribution curve that progressively

decreases from the nucleation to the accumulation mode in ethanol/diesel RCCI

combustion [107].

Study also showed that particulate emissions from RCCI combustion mainly

consist of volatile and semivolatile organic compounds; however, small fraction of

solid carbonaceous particles also existed because of inhomogeneity of the high

reactivity fuel (diesel) distribution. The semivolatile fraction in the RCCI particu-

late matter emissions can be up to 99% by volume under LDT þ LDR conditions

[107]. In the ethanol/diesel RCCI combustion, semivolatile fraction is in the range

of 60–99% by volume depending on dilution conditions, whereas it is consistently

over 98% by volume for gasoline/diesel RCCI. Study suggested that the difference

in dilution sensitivity of RCCI particle emissions is not directly related to the low

reactivity fuel based on its high volatility. The low reactivity fuel’s influence on

Fig. 8.38 Effect of dilution temperature and dilution ratio on particle size distribution in RCCI

combustion vis-�a-vis CDC (Adapted from [107])
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unburned diesel, engine lubricating oil evaporation and heat release is most likely

the reason of differences in particulate volatility similar to other premixed CI

engine combustion modes [107]. A study investigated the volatility of particles

emitted from RCCI engines showed that particles consist of a wide variety of

volatile materials, having evaporation rates similar to pure C28 alkane at low

temperatures and greater than evaporation rates for pure C32 at higher temperatures

[108]. Volatility range of RCCI particles mostly falls within the volatility range of

alkanes similar to components present in engine lubricating oil.

Figure 8.39 shows the particle number emission in full engine map from an

optimized combustion strategy combining RCCI and dual fuel diesel/gasoline

(dual-mode dual fuel combustion strategy). Details of engine operation strategy

of these modes can be found in original study [109]. Figure 8.39a presents the

smoke emissions and total particle number maps for the dual-mode dual fuel

combustion strategy. High similarity is observed between smoke emission and

particle numbers for the engine load more than 14 bar IMEP, where combustion

is by diffusion dual fuel strategy (Fig. 8.39a). Higher FSN values in this load range

indicate that particulates tend to be more like diesel combustion with increase in

engine load. However, relatively less similarities are observed between smoke and

particle number below 14 bar IMEP, where RCCI combustion strategy (more

premixed combustion) is used for achieve the required engine load. In this region,

FSN is not related to particulate number emission as RCCI particles are consists of

semivolatile compounds [109]. Figure 8.39b shows particle numbers in accumula-

tion mode and nucleation mode particles. LTC favoured the appearance of nucle-

ation mode particles, and they mainly consist of condensed hydrocarbon species

[102]. The accumulation mode particles consist of elemental carbon species

Fig. 8.39 (a) Smoke emissions and total particle number and (b) total number of nucleation

(Dp <30 nm) and accumulation (30 < Dp <250 nm) particles for the dual-mode dual fuel

combustion strategy [109]
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(i.e. soot particles) similar to particles in CDC, and act as a sink for volatile species.

Figure 8.39b shows that nucleation mode particles dominates in RCCI strategy

(below 14 bar IMEP), and accumulation mode particles dominate in diffusive dual

mode (above 14 bar IMEP). The nucleation mode particles are higher at higher

engine speed in RCCI strategy (Fig. 8.39b). A study showed that conventional

diesel oxidation catalysts (DOC) are effective to reduction of nucleation mode

RCCI particles (<23 nm), while larger size PM emissions (>23 nm) are unaffected

by the DOC [110].

8.5 Unregulated Emissions

8.5.1 Hydrocarbon Species

The LTC engines emit higher unburned hydrocarbon (HC) emissions in comparison

to conventional engines. The sources of HC emissions and their characteristics in

LTC engine are discussed in Sect. 8.3. In emission legislation, total amount of

unburned HCs are regulated on mass basis and individual hydrocarbon species are

not regulated by legislation. Some of the hydrocarbon species present in significant

quantity in engine exhaust affect human health adversely and have higher green-

house gas (GHG) potential [111]. Effect of principal pollutants emitted from IC

engines on human health is summarized in Fig. 1.2 (Chap. 1). The hydrocarbon

species emitted from engines can be divided into two main categories: oxygenated

hydrocarbon (OHC) species (such as aldehyde, ketones, alcohols, etc.) and pure

hydrocarbon (HC) species (alkanes, alkenes, alkynes, etc.). Figure 8.40a shows the

variations of HC and OHC emissions with equivalence ratio in a HCCI engine

fuelled with iso-octane. The HC curve presents the total percentage of fuel carbon

in all the HC species, but not any fuel carbon from the OHC species. Similarly, the

OHC curve presents all the fuel carbon in the OHC species, both the carbon atoms

that are attached to an oxygen and those that are not. Total HC and OHC emissions

provide a basis for determining the contribution of each emission species to the total

unburned hydrocarbon emissions. Figure 8.40a shows that HC and OHC emission

decreases as engine is operated on richer mixture. The increase in HC and OHC

emissions with reduced fuelling (lower Φ) is governed mainly by an increase in the

contributions of species with a smaller molecular size than iso-octane (fuel)

[56]. The HC and OHC species emitted can be broadly separated into three

categories: (i) the parent fuel, iso-octane and species that are closely related in

molecular structure to the parent fuel; (ii) species that have one or more carbon

atoms less than iso-octane, but still have related molecular structure; and (ii) small

molecules that have no direct resemblance to the fuel molecule and could have

resulted from the oxidation reactions of almost any hydrocarbon fuel [56]. Studies

found that third category small molecules contribute more towards higher unburned

hydrocarbon emission in leaner HCCI conditions than rich conditions.
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Fig. 8.40 (a) Unburned hydrocarbon emission as function of Φ in HCCI engine (Adapted from

[56]), and (b) PCI and CDC engine-out HC distribution at different engine speed and load by carbon

number bin [112]
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Figure 8.40b shows the HC emission distribution by carbon number bin for

premixed charge compression ignition (PCI) and conventional diesel combustion

(CDC). In the case of PCI combustion at engine speed 1500 rpm, the partially

burned HC (lower carbon number bins) distribution of 2 bar BMEP is comparable

to that of 4 bar BMEP; however, larger carbon number (unburned HC’s) concen-
tration at 2 bar BMEP is very higher than at 4 bar BMEP. At 4 bar BMEP in PCI

combustion, the lower carbon number bin (partially burned HCs) concentration at

2300 rpm is higher than that at 1500 rpm [112]. The HC emission for each carbon

number bin is the lowest for 1500 rpm at 4 bar in CDC.

Figure 8.41 shows the variation of two paraffins’ (CH4 and C2H6) and two

olefins’ (C2H4 and C3H6) emissions with CA50 for different λ in HCCI combustion.

Species shown in Fig. 8.41 are obtained computationally. Increasing intake air

temperature (advanced combustion phasing) emission of each species decreases for

each test condition (Fig. 8.41). This trend is justified due to higher combustion

temperature at advanced combustion phasing. At constant intake temperature,

unburned hydrocarbon emission also decreases for richer mixture (lower λ) due to
higher combustion chamber temperature as higher amount of fuel is burnt in rich

operating conditions. Figure 8.41a shows that CH4 emissions are higher for retarded

combustion phasing and lean mixture operating conditions. Range of methane

emissions is similar to experimental CH4 emission reported in reference

[114]. Trends in variation of C2H6 is similar to variation in CH4. Amount of

C2H6 emission is lower in comparison to CH4. Possible reason for this observation

could be that higher strength of C-H bonds in CH4 molecule leads to difficulty in

oxidizing it. As a result, significant amount of unburned CH4 is emitted as com-

pared to C2H6 during exhaust.

Figure 8.41b shows the two alkenes (C2H4 and C3H6) emitted in significant

concentrations. Alkenes are formed during combustion due to the incomplete

combustion of the alkanes present in the fuel [114]. During combustion, pyrolysis

reactions (long chain hydrocarbon thermally decomposes to form smaller hydro-

carbon) and synthesis reactions (smaller hydrocarbon molecules combine and form

larger hydrocarbon) occur in some extent. C2H4 and C3H6 are typical intermediates

in diesel fuel pyrolysis process. Production of these intermediate compounds is

governed by the two competing (opposite) processes (fuel thermal pyrolysis and

oxidation rate) in addition to composition of fuel–air mixture and combustion

temperature [115]. Low temperature combustion and leaner mixture in the cylinder

decreases both fuel pyrolysis and oxidation rate, which leads to higher amount of

intermediate compounds (Fig. 8.41b). At richer mixture engine operation (higher

loads) and advanced combustion phasing, concentrations of intermediate species

decrease due to greater oxidation rate at higher combustion temperature.

Figure 8.42 shows the concentration of HC and OHC (measured by FTIR

analyser) along with their mole fractions in THC at different operating conditions

in SI and HCCI engine. The HCCI combustion is achieved using two negative valve

overlap (NVO) positions at two different engine loads (presented as four cases in

Fig. 8.42). Two cases of SI combustion present the data for two different spark

timings. Switching between SI and HCCI combustion changes a trade-off between
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hydrocarbon species [116]. The HCCI combustion emits comparatively lower

methane and light unsaturated hydrocarbons than SI combustion. However, for

early NVO injection, HCCI combustion emitted the highest concentrations of

aforementioned species. Concentrations of ethane and pentanes reveal opposite

trend. In HCCI combustion mode, trade-off between hydrocarbon concentrations

is found for early and late NVO injections. This is possibly due to exhaust-fuel

reactions that occur during the NVO for early injection, which break long-chained

hydrocarbons and produce methane, light unsaturated hydrocarbons and

Fig. 8.41 Variations of (a) CH4 and C2H6. (b) C2H4 and C3H6 emission with combustion phasing

(CA50) for different relative air–fuel ratios in HCCI engine (Adapted from [113])
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aldehydes [116]. Therefore, the fuel composition changes can modify exhaust

hydrocarbon structure.

Fig. 8.43 shows the variation of concentrations of non-oxygenated hydrocarbon

species for different charge dilution levels and the diesel SOI timings in combustion

of in-cylinder blending of gasoline/diesel. The oxygen concentration is affected by

EGR dilution (Fig. 8.43a). Concentrations of exhaust hydrocarbon species
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generally increased with charge dilution using EGR because of lower availability of

oxygen and the lower combustion temperatures associated with the increased EGR

rate. Diesel/gasoline combustion showed comparable amounts of light hydrocar-

bons as in neat diesel combustion [117]. Figure 8.43a shows significantly higher

concentration of C4–C7 alkanes and mono-aromatics for combustion using

in-cylinder blending of diesel-gasoline, which is approximately 10 times higher

C4–C7 alkanes and 30 times higher mono-aromatics in comparison to pure diesel

Fig. 8.43 Concentrations of non-oxygenated hydrocarbon species at (a) different charge dilution

levels, and (b) the diesel SOI timings in combustion of in-cylinder blending of gasoline/diesel

(Adapted from [117])
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combustion. Mono-aromatics are mostly single-ring aromatics with short alkyl

chains in gasoline fuels (e.g. toluene), which are considerably harder to oxidize

than the mono-aromatics contained in diesel [117]. Figure 8.43b shows the HC

speciation data for different SOI timings of diesel. The concentrations of mono-

aromatics and C4–C7 alkanes decreased sharply with diesel SOI advanced until the

further advance of SOI made the fuel–air mixture overmixed and began to retard

combustion phasing. The advance of diesel SOI mitigated the over-stratification

and led to a more reactive in-cylinder charge through better mixing between

gasoline and diesel across the combustion chamber as noted by the drop in UHCs

[117]. Results depict that there is an optimum timing such that the cold, low

reactivity regions are effectively minimized and corresponding emissions are

minimum.

8.5.2 Oxygenated Hydrocarbon Species

In LTC engines, oxygenated unburned hydrocarbon (OHC) species are emitted in

significant quantity. In OHC species, mainly aldehydes and few ketones (such as

acetone) are emitted from LTC engines. Figure 8.44a shows the typical variation in

different OHCs in well-mixed HCCI combustion engine. Figure shows that differ-

ent OHC species can vary up to 1.4% of fuel carbon, depending on engine operating

conditions. The OHC species emissions decrease with increase in equivalence ratio

due to increase in combustion temperature, similar to HC species. Figure 8.44b

shows the variation of HC and OHC with direct injection timings in partially

stratified HCCI engine using iso-octane fuel. Both HC and OHC emissions decrease

with increase in stratification (delayed SOI timings) of fuel (Fig. 8.44b). It can also

be noticed from the figure that HC emission reduction is comparatively higher than

OHC emission reduction by stratification of charge.

To quantify the carbonyl species emission in HCCI emission, a comparative

study investigated 14 different carbonyl species in HCCI and SI engines. Fig-

ure 8.45 shows the concentration of different carbonyl species in exhaust of SI

and HCCI engine using commercial gasoline. The main carbonyl compounds

detected in reasonable quantity are acetaldehyde followed by acrolein, benzalde-

hyde, o-tolualdehyde, m-tolualdehyde and 2,5-Dimethyl-benzaldehyde (Fig. 8.45).

Although emissions of carbonyl species are very low in comparison to THC

emissions, carbonyl species can be found in the range of 2.7% and 5.2% of total

HC based on engine operating conditions and engine operating modes [118].

Figure 8.45 shows that acetaldehyde is the highest emitted carbonyl species in

HCCI engine at lower engine load. Acrolein is the second highest carbonyl species

in the engine exhaust, which is produced by the oxidation of propyl radicals. Nearly

all normal alkanes having three or more carbon atoms can produce propyl radicals,

which acts as a precursor for formation of acrolein, which is present in engine

exhaust [118]. Figure 8.45 also depicts that the aliphatic aldehydes reduces with

increase in engine operating load or combustion mode shift from HCCI to SI;
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however, the aromatic aldehydes showed reverse trend. The formation of aromatic

aldehydes increases with the increasing engine speed in addition to the change in

engine operation mode from low load HCCI to part load HCCI to low load

SI. Detailed description and justification can be found in original study [118].

Fig. 8.44 (a) OHC species as function ofΦ in well-mixed HCCI engine, and (b) variation of OHC

with SOI timing in partially stratified HCCI engine (Adapted from [56])
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Figure 8.46 shows the variation of acetaldehyde (CH3CHO) and formaldehyde

(HCHO) with different speeds and load conditions in ethanol HCCI operating range

achieved at most efficient combustion phasing. HCHO and CH3CHO are two of the

main aldehydes produced from HCCI combustion particularly engine operation

with alcohols, and these aldehydes are known to be highly toxic and harmful to

human health [115]. Acetaldehyde emission is higher in comparison to formalde-

hydes (Fig. 8.46), and both the species are produced in significant quantity in

ethanol HCCI combustion. Figure 8.46 shows that higher engine loads (where

relatively lower intake temperature required for optimal combustion phasing)

coupled with higher engine speeds lead to incomplete combustion, which results

into higher acetaldehyde and formaldehyde emissions. At lower engine loads,

aldehyde emission is comparatively lower, and there is lesser variation with engine

speed. However, at higher engine load, acetaldehyde and formaldehyde emission

significantly depends on engine speed.
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Fig. 8.46 Variation in emission of (a) CH3CHO and (b) HCHO with engine and load in

ethanol HCCI operating region for compression ratio 21 [14]
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8.5.3 Polyaromatic Hydrocarbons

Polycyclic aromatic hydrocarbons (PAHs) are presently unregulated pollutants in

the internal combustion engine exhaust. The PAHs are released in the environment

either in the vapour phase or along with soot particles (PAHs adsorbed on fine

particles) produced in the engine. Although PAHs are unregulated pollutants, these

hydrocarbon compounds (PAHs) can lead to several environmental issues (such as

photochemical smog) and adverse effect on human health. Some of the PAHs are

now identified as carcinogenic species and also resulted into an increased human

morbidity and mortality rates [119]. In diesel exhaust, major sources of mono-

aromatic hydrocarbons (MAHs) and PAHs are pyrolysis and structural amendments

in unburned fuel molecules (which also contains aromatics in significant amount)

during diesel combustion process [120]. Incomplete combustion of hydrocarbon

fuels can result into the formation of PAHs and particulate, and therefore, investi-

gation and understanding of the combustion process is essential. The LTC strategies

typically emit higher unburned hydrocarbons but comparatively lower particulate.

Lea-Langton et al. [121] categorized the sources of PAHs in conventional diesel

engines in five possible paths: (i) fuel used in combustion event, (ii) pyrolysis of

fuel to produce different PAHs, (iii) pyrosynthesis of PAHs from alkanes during

combustion, (iv) PAHs absorbed in engine deposits which come later into the

exhaust and (v) PAHs from the fuel accumulating in the lubricating oil with

blow-by gases and then emerging on the particulate with the lube oil fraction of

the soluble oil fraction (SOF) [122]. In SI engines, fuel chemical composition, types

of lubricant, fuel additives and engine operating conditions are major factors

governing the PAHs emission [123].

Figures 8.47 and 8.48 show the variations of particle bound PAH w.r.t. relative

air–fuel ratio at different intake air temperature using ethanol and gasoline at

1200 rpm in HCCI engine. Total particle mass per unit volume (estimated from

particle size distribution) is also presented for same test for the sake of comparison.

Figures 8.47 and 8.48 show that PAH emissions increase drastically as mixture

becomes richer or engine load increases for both fuels. Elghawi et al. also found that

reduction in PAH emissions is proportional to reduction in engine load in HCCI

mode [122]. Figures also show that PAH emissions increase with increase in intake

air temperature for both ethanol and gasoline. Similar trend is also observed for

total particle mass variations. Factors affecting higher particulate emission are

discussed above in Sect. 8.4.2. The PAH emissions are dependent on combustion

phasing and engine load. Figures show that in most of the conditions, total PAHs

are in the range of 50–600 ng/m3. Only in one case of very rich condition, ethanol

emitted PAH mass of 920 ng/m3. It can also be noticed that at lower load conditions

(leaner mixtures), ethanol has lower PAH mass emission as compared to gasoline.

The total particulate mass is comparatively lower in the case of ethanol as compared

to gasoline. Ethanol is an oxygenated fuel, which leads to lower total particulate

emission in the exhaust due to superior combustion, being an oxygenated fuel.

Detailed PAH characterization of HCCI as well as other LTC strategies is needed

for more fundamental understanding.
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Fig. 8.47 Effect of λ and Ti on variation of (a) particle bound PAH emissions and (b) total particle

mass for ethanol at 1200 rpm in HCCI engine [24]
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Chapter 9

Closed-Loop Combustion Control

Abstract Low temperature combustion (LTC) is an engine combustion mode that

yields ultralow NOx and soot emission levels along with high fuel conversion

efficiency. Typically, LTC engines use premixed fuel–air mixture, and combustion

is mainly governed by chemical kinetics. The LTC strategies such as partially

premixed combustion (PPC) and reactivity-controlled compression ignition

(RCCI) have some level of direct control on combustion phasing due to direct

injection of fuel in the engine cylinder. However, homogeneous charge compres-

sion ignition (HCCI) combustion strategy lacks the direct control on combustion

phasing. In HCCI combustion, ignition timings are kinetically controlled and

affected by pressure and temperature history of the charge in the engine cylinder

(indirect control). Therefore, HCCI combustion requires the combustion feedback

control for its very operation. The present chapter describes the closed-loop com-

bustion control in LTC engines. First, the need of closed-loop combustion control

and control variables are discussed. Then, combustion feedback sensors and com-

bustion control actuators are described in detail. Typically, cylinder pressure sensor

and ion current sensors are used for sensing of combustion phasing in HCCI

combustion. The last section presents the combustion control methods and various

controllers used in different LTC strategies such as HCCI, PPC and RCCI, for

closed-loop combustion control.

Keywords Closed-loop control • MPC • PID • Control • Actuators • Sensors •

Combustion • LTC • HCCI • PPC • RCCI

9.1 Need of Combustion Control

In general, control means governing the system to behave in a desired manner. In

combustion engines, control is about achieving reliable and durable performance

while fulfilling the constraints on engine efficiency, emissions and combustion

noise levels. The LTC engines are more sensitive to temperature and mixture

conditions in comparison to conventional spark ignition (SI) and compression

ignition (CI) engines. This sensitivity leads to a relatively higher demand upon
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engine controller design, where appropriate engine operating conditions have to be

set with more accuracy for acceptable engine performance.

The HCCI combustion does not have the direct actuators for control of combus-

tion timings such as spark ignition timing or fuel injection timings similar to

conventional SI and CI engines. In SI engine, combustion timings are controlled

by spark ignition timings, whereas in CI engine, injection timings govern the

ignition timings. The HCCI engine lacks these combustion actuators; therefore

combustion timing is very sensitive to initial charge conditions such as temperature,

pressure and equivalence ratio of fuel–air mixture [1]. Other LTC strategies such as

PPC and RCCI combustion have relatively higher degree of combustion control

because fuel stratification is controlled by direct injection timings which essentially

governed the combustion timings. However, in HCCI combustion using a well-

mixed charge, there is no way to affect the ignition timings after initial conditions

are set. In the absence of accurate control on cylinder pressure, temperature and

equivalence ratio of charge, occurrence of misfire, excessive peak pressure rise rate

or very high peak pressure can happen, which can result into even damage of engine

or high NOx emissions [2]. Therefore, in order to obtain higher engine load range, it

is essential to be able to control the combustion timing in HCCI engine.

Very advanced HCCI combustion timings lead to excessive pressure rise rate

(knocking) along with very high peak cylinder pressure and temperature. This

engine operating condition leads to very high NOx emission and increases the

fuel consumption. In severely prolonged engine operation in knocking, conditions

may lead to the engine damage. In case of highly retarded combustion phasing,

combustion is quenched prior to completion during compression stroke, which

leads to higher fuel consumption along with higher unburned hydrocarbon

(HC) and carbon monoxide (CO) emissions. In the worst case of excessively

delayed combustion, a complete misfire can occur and repeated operation can

stall the engine. In this operating condition, engine can also enter into a vicious

circle of misfire and strong combustion (misfire followed by strong combustion that

followed by misfire) [3].

Some of the HCCI engine operating conditions are unstable, which is another

complexity in HCCI combustion process. Therefore, HCCI engine cannot be

operated reliably based on engine map. Small variations in engine operating

conditions may lead to a large effect on the combustion phasing. Therefore,

closed-loop combustion control is essential to ensure the correct combustion

phasing [2, 3]. Figure 9.1 illustrates the variation of combustion phasing after

closed-loop combustion is turned off in stable and unstable conditions. Open loop

control of HCCI combustion engine becomes difficult at higher engine operat-

ing loads and retarded combustion phasing operation [4, 5]. Figure 9.1 depicts

that engine can enter into unstable condition leading to combustion phasing run-

away either towards misfire conditions (more retarded combustion timings) or

towards advanced combustion timings. In case of advanced combustion phasing,

fuel injection has to be turned off to avoid engine damage. For advanced combus-

tion timings, cylinder walls heat up due to increase in heat transfer at earlier

combustion phasing. Higher wall temperature leads to the start of combustion

even earlier in next cycles, which causes higher heat transfer and so on. Kinetically

controlled event such as HCCI combustion needs to be stabilized at this point [4].
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A study proposed the instability criteria for the HCCI combustion given by

Eq. (9.1) [4]:

dTw

dCA50

� d CA50ð Þ
dTw

� 1 ð9:1Þ

where Tw is wall temperature and CA50 is combustion phasing. Two derivatives

have different origins and thus, equation is not equal to 1. The first term reflects the

effect of combustion timings on the wall temperature and heat transfer, while the

second term reflects the effect of wall temperature on gas temperature which affects

the combustion phasing and chemical kinetics. The first derivative is governed by

heat transfer during combustion, and the second derivative is governed by heat

transfer during compression stroke [4].

In HCCI combustion, there are other mechanisms of knock runaway, instead of

wall temperature. Figure 2.24a (Chap. 2) depicts the summary of different routes of

runaway (combustion instability) in HCCI combustion using different EGR oper-

ating conditions. Figure 9.2 illustrates the wall heating-induced runaway and

EGR-induced runaway in HCCI combustion operation using iso-octane at

4.85 bar IMEP and PRF80 at 6.11 bar IMEP, respectively. Data plotted is curve

fit of experimental data points, and the pressure rise rate (PRR) presented in the

Fig. 9.2 is the maximum value of PRR in a combustion cycle. Figure 9.2 illustrates

that wall heating-induced runaway is relatively a slow process, and slope of

maximum pressure rise rate curve is smaller. However, EGR-induced runaway is

very fast as shown by very steep curves of combustion phasing and PRR. In this

case, enhancement of autoignition is caused by trace species such as (NOx) present

in EGR (for more details see Sect. 6.2.3) [6].

The combustion instability conditions in HCCI combustion make a compulsory

closed-loop combustion control for the very operation of HCCI engine. This

requirement differentiates HCCI engine from conventional SI and CI engines,

which runs on engine map quite well without closed-loop control [3]. Therefore,

the design and development of appropriate closed-loop controller are required to

achieve the desired performance in HCCI engines.

Fig. 9.1 Variation of

combustion phasing with

time after closed-loop

control is turned off in

HCCI engine (Adapted

from [4])
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9.2 Combustion Control Variables

The measured and controlled condition or quantity is termed control variable or

parameter [8]. The main objective of combustion control approaches is to expand

the stable and high-efficiency operation range of LTC engines, particularly HCCI

combustion engines. The unstable HCCI operating conditions can be avoided by

controlling some of the combustion parameters. Advanced model-based combus-

tion control strategies are typically used to maintain optimal combustion timings,

regulate cycle-to-cycle variation (CA50 and IMEP) and adjust combustion rate to

control peak pressure and PRR [8]. The HCCI combustion control variables can be

divided into four major groups, namely, (1) control of combustion phasing, (2) con-

trol of engine load, (3) control of exhaust gas after-treatment efficiency (exhaust gas

temperature) and (4) control of HCCI dynamics for combustion mode switching

between HCCI and conventional SI or CI modes [9]. In PPC strategy, ignition delay

is also used as control variable as it can be independently controlled [10]. However,

ignition delay and combustion phasing are strongly coupled. Combustion control

variables in LTC engines are discussed in the following subsections.

9.2.1 Combustion Phasing

Optimum combustion timing can decrease the emission levels (HC and CO emis-

sions), improve the cyclic variability and extend the HCCI operating range. The

absence of direct actuator to initiate the combustion and complexity of HCCI

combustion control require a sophisticated control strategy that can adjust charge

Fig. 9.2 Illustration of wall heating and EGR-induced runaway mechanisms in HCCI combustion

(Adapted from [6, 7])
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properties on cycle to cycle basis for achieving the desired optimal combustion

phasing [9]. Crank angle position corresponding to 50% heat release (CA50) is the

most commonly used combustion phasing parameter in HCCI combustion control

[11]. However, crank angle position of maximum cylinder pressure (θpmax) is also

used for HCCI control as combustion phasing parameter in some of the studies

[12, 13]. A robust parameter of combustion phasing is required for the closed-loop

combustion control. Start of combustion (SOC) estimation is necessary for com-

bustion control, but it is not adequate for model-based HCCI combustion control

because for the same start of combustion, different combustion durations can occur

that significantly affect the engine performance [8]. The CA50 is a robust feedback

parameter of combustion phasing, in terms of both SOC and combustion duration.

Different methods of estimation of CA50 from measured cylinder pressure are

compared, and coherence with different calculation methods is shown in Fig. 9.3.

Different possible methods for calculation of CA50 are full heat release (QHR),

net heat release with constant γ (Qnet
HR ), maximum heat release rate ( dQmax

HR ),

maximum pressure increase by combustion (Pmax
inc ), maximum pressure (Pmax) and

Rassweiler and Withrow method for 50% mass fraction burned (MFBRW) [11]. The

Fig. 9.3 Coherence estimates between CA50 determined from full heat release and CA50 calcu-

lated from other methods in HCCI combustion [11]
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accuracy of CA50 calculation from full heat release analysis depends on well tuning

of measurement parameters and removal of signal noise from measured pressure

data [14, 15]. A more complete detail on computation methods of CA50 can be

found in [11]. These parameters are evaluated over a wide range of engine opera-

tions including very early and late combustion phasing HCCI combustion. The

CA50 based on pressure parameters has significant deviation from actual combus-

tion timings at some of the operating conditions. The best indicator of CA50 is found

from full heat release (QHR) analysis of pressure signal. The coherence estimate

between QHR and other candidates shows that Qnet
HR and MFBRW have highest

coherence spectrum, which is close to 1 (Fig. 9.3). Calculation of CA50 by using

MFBRW for combustion phasing feedback is found to work, but it has relatively

lower performance for the same computational cost [11]. The CA50 determination

from Qnet
HR is found to be best suited for real-time combustion control because of

low computation complexity and robustness to measurement noise, and gives

satisfactory result even with low sampling rate and resolution of cylinder pressure

signal.

Besides calculation of CA50 from cylinder pressure analysis, it can also be

calculated by using signals from ion current sensor, knock sensor, microphone

sensor and on-board torque sensor (see the next section) or even by modelling

[8]. The effects of combustion phasing on combustion, performance and emission

characteristics in LTC engines are discussed in Chaps. 6, 7 and 8, respectively. Fast

combustion phasing control is essential for reliable engine operation as combustion

timing sets the performance limitations [5]. In other LTC strategies such as PPC and

RCCI combustion, combustion phasing is also a control variable for engine com-

bustion control [10, 16, 17].

9.2.2 Ignition Delay

Ignition delay is typically defined as the duration between the start of fuel injection

and start of combustion. In LTC strategies such as PPC, ignition delay should be

sufficiently large to ensure the adequate air and fuel mixing before start of com-

bustion. Ignition delay can be increased by influencing the state of cylinder gas at

the time of fuel injection by varying the direct fuel injection timings. Ignition delay

can also be extended by diluting the intake air by cooled EGR, which lowers the

peak cylinder temperatures and slows down the early chemical reactions. The EGR

reduces the oxygen concentration and increases the heat capacity of inducted

charge, which leads to lower temperature rise that increases the ignition delay of

air-fuel mixture.

To obtain higher high thermal efficiency, combustion needs to be phased such

that the highest possible pressure is achieved during the expansion stroke without

excessive heat transfer losses. Unless fuel injection timing is very advanced,

combustion phasing depends both on the ignition delay and the injection timing

in PPC engine [10]. Combustion phasing and ignition delay are strongly coupled,
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and decoupling of these parameters provides an interesting multiple input, multiple

output control problem where fuel injection and air control systems need to

combine. In order to maintain efficient PPC operation, the ignition delay and the

combustion phasing have to be controlled simultaneously. A study used a central-

ized controller design that controls ignition delay and combustion phasing by

executing coordinated control action in the fuel injection system and the gas flow

system [10].

9.2.3 Engine Load

Desired engine operating load is another important control variable that should be

met while satisfying the other operating limitations such as ringing limit, combus-

tion stability limit, peak pressure limit and emission limit (see Sect. 7.1.1 of

Chap. 7). Typically, combustion phasing and engine load are simultaneously

controlled to realize the advantages of higher fuel conversion efficiency and

emissions. To control the engine load in LTC combustion engine, indicated mean

effective pressure (IMEP) is used as a common control parameter [17–21]. Peak

cylinder pressure is also used as control parameter in some of the studies

[13, 22]. Engine load is mainly governed by the amount of fuel burned in the

cylinder. Higher amount of fuel leads to higher peak pressure rise rate and peak

cylinder pressure in premixed combustion. To avoid these limits, combustion

phasing is typically retarded, which may lead to reduction in thermal efficiency

and higher combustion instability. Thus, combustion phasing and engine load

control are interconnected, and engine controller needs to address both of them.

9.2.4 Exhaust Gas Temperature

One of the major challenges in LTC is the reduction of HC and CO emissions. The

formation of HC and CO in LTC engines and their characteristics are discussed in

Chap. 8. All the strategies in LTC regime produce higher HC and CO emissions in

comparison to conventional SI and CI engines. High levels of HC and CO emis-

sions can be reduced by employing oxidation catalyst in the exhaust [23]. However,

lower exhaust temperature of HCCI engines limits the conversion (oxidation) of HC

and CO effectively as oxidation catalyst requires temperature of the exhaust gas

above catalyst light-off temperature. Figure 8.21 (Chap. 8) illustrates the conver-

sion of HC and CO emissions with respect to exhaust gas temperature for different

catalysts. Reduction of HC and CO emissions in HCCI engines is more challenging

due to very low exhaust gas temperature at some of the engine operating conditions.

Therefore, exhaust gas temperature control in HCCI engine is essential to

meet catalyst light-off temperature requirement of the oxidation catalyst. Thus,

exhaust gas temperature is another control variable for HCCI combustion engine
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[18, 24, 25]. A simultaneous control of exhaust gas temperature and maximum

cylinder pressure is investigated in [22], and a constraint-based control technique is

used for exhaust gas temperature control [25]. In a recent study, a three-input three-

output controller of combustion phasing, load and exhaust gas temperature has been

designed with sufficient accuracy by modulating octane rating, fuel mass flow rate

and intake manifold pressure [26]. An integrated control of all the three major

engine parameters (i.e. CA50, engine load and exhaust temperature) is essential for

realizing HCCI engine as a viable solution for automotive applications.

9.2.5 Combustion Mode Switching

Engine load range achieved in LTC engines is typically lower than conventional

engines. To extend the load range of LTC engines, one possible solution is to enable

the switching on the fly between the LTC and conventional combustion strategies.

Technical challenges of enabling and ensuring the stable engine operation in LTC

and conventional combustion modes are significantly different, which makes com-

bustion mode switching further complex [27]. Additionally, the LTC engines are

intrinsically more sensitive to small variations in the engine operating conditions,

and hence, the control system should be able to satisfactorily respond to such

disturbances on a cycle-to-cycle basis. Figure 9.4 illustrates the complex dynamics

of heat release during transition from SI to HCCI combustion mode. The figure

Fig. 9.4 Heat release return maps illustrating the complex dynamics encountered during

transitioning from (a) stable spark ignition to (e) HCCI operation using higher levels of internal

EGR [28]

490 9 Closed-Loop Combustion Control



depicts the major differences in combustion modes as shown in return maps, which

are created from time-series experimental data by plotting pairs of consecutive

values as points in two dimensions. In SI combustion (Fig. 9.4a), the consecutive

data points are concentrated in a small unstructured cluster of around a fixed point

that represents the nominal flame propagation heat release. Dispersed data points in

return map indicates the stochastic or high-dimensional component [28]. There are

significant cyclic combustion variations (Fig. 9.4b) when EGR is increased. The

original fixed point starts to destabilize in certain specific ways (i.e. points scatter

mainly in particular directions on the return map), which indicates unstable mani-

folds in a low-dimensional phase space [29]. The level of destabilization is max-

imum in Fig. 9.4c (further increased EGR), and combustion again starts becoming

more stable (Fig. 9.4d). At last combustion mode transition to a stable HCCI

combustion is complete (Fig. 9.4e).

The multimode engine operation needs the switching between the combustion

modes at appropriate set points in the engine operating regime while fulfilling the

load demand requested by the driver, without departing from the low emission

characteristics [27]. The challenges of implementing the combustion mode

switching are twofold: (1) the stability and efficiency of each combustion mode

must be guaranteed, and (2) the control system should be able to ensure seamless

transition between the modes. Figure 9.5 illustrates the HCCI to CI engine coordi-

nation control. First, desired combustion mode is determined by a state machine

based on engine state information and combustion mode map. After determination

of the desired combustion mode, the mode switching commands are delivered to

subcontrol systems, such as EGR controller, variable nozzle turbine (VNT) con-

troller, injection controller as well as rail pressure controller, step by step with

predefined sequences. The VNT and EGR are controlled by a boost pressure closed-

loop PID controller and an EGR rate closed-loop controller, respectively [30].

Control of combustion mode switching is investigated for mode switching

between HCCI and either conventional SI [25] or CI [27, 30, 31] engines. Mode

Fig. 9.5 Schematic diagram of HCCI/CI coordination control [30]
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switching between HCCI engine and electric machine in hybrid electric vehicle

(HEV) powertrain is also investigated [9]. Simulation studies are conducted for

energy management between the dual mode SI-HCCI and electric machine at

different level of hybridization and different HEV configurations [32–34].

9.3 Combustion Feedback Sensors

In order to implement closed-loop combustion control, a robust combustion feed-

back parameter is required. For combustion control variables of engine load and

combustion phasing, the measurement of IMEP and CA50 is required to provide

feedback for the next successive combustion cycle. Typically, sensing of combus-

tion phasing can be performed by cylinder pressure sensor, ion current sensor,

microphone or knock sensor and even by speed and torque fluctuations. The various

types of sensors used for estimation of combustion phasing are based on their

complexity, measurement accuracy and cost.

9.3.1 In-Cylinder Pressure

In-cylinder pressure signal has been used in internal combustion engine research

from the beginning of engine development for combustion diagnostics. A summary

of performance and combustion parameters that can be estimated by processing of

measured in-cylinder pressure data is presented in Table A2 (Appendix 1). Typical

measurement system required for the in-cylinder pressure of engine is also given in

Appendix 1. The in-cylinder pressure signal can be also exploited for a multitude of

further applications because it contains a lot of information about the engine

combustion process. The evolution of the engine cycle with all its phases (com-

pression, combustion, expansion, gas exchange) is directly affected by the engine

boundary conditions such as engine temperature, intake and exhaust conditions,

fuel quality, etc. The evolution of the in-cylinder pressure is the result of these

effects over the engine cycle, and this information is captured by the pressure sensor

and therefore available inside the acquired cylinder pressure signal [35]. The

cylinder pressure contains information of thermodynamic state of the charge.

Combustion rate in the engine cylinder can be estimated by employing the first

law of thermodynamics and some simplifying assumptions (see details in Appendix

2). The net heat release is computed from measured cylinder pressure by Eq. (9.2)

(Appendix 2), by neglecting the heat transfer and crevice losses:

∂Q
∂θ

¼ γ

γ � 1
p
dV

dθ
þ 1

γ � 1
V
∂p
∂θ

ð9:2Þ
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The combustion phasing (CA50) can be calculated by integrating this equation,

and crank angle position of 50% heat release can be estimated.

In real-time control application, it is inconvenient to include the pressure

derivative in the calculation because the derivative process enhances the signal

noise particularly in combination with a very high sampling rate [36]. Instead of

using Eq. (9.2) for net heat release calculation, another Eq. (9.3) is proposed for net

heat release calculation [36, 37]. This heat release calculation equation is also

derived from the same energy conservation equation, but it does not have pressure

derivative term. The optional method of heat release calculation is given by

Eq. (9.3) [37]:

Q ¼ 1

γ � 1

Z θ

θstart

d pVð Þ þ
Z θ

θstart

pdV ¼

¼ 1

γ � 1
p θð ÞV θð Þ þ

Z θ

θstart

p θð ÞdV
dθ

dθ � 1

γ � 1
p θstartð ÞV θstartð Þf g

Calculated on Line|fflfflfflfflfflfflfflfflfflfflfflfflfflfflffl{zfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl} Constant Added offline|fflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl{zfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl}

ð9:3Þ

Combustion phasing can be easily calculated from heat release by assuming

constant value of ratio of specific heat (γ). The method of combustion phasing

calculation is implemented for automatic engine control [36].

Until recent times, the cylinder pressure transducers are not employed on

production engine. Today, there exist several low-cost piezo transducers, and the

accuracy of these low-cost pressure sensors is probably sufficient for feedback

control of HCCI combustion phasing [38, 39].

9.3.2 Ion Current

The present piezoelectric pressure transducer used for engine combustion detection

is expensive and sometimes fragile, which cannot be used for production engines.

Ion current is one possible solution for combustion detection in engine cylinder by a

low-cost and more robust sensor. Amounts of ions formed during combustion are

precisely related with the combustion event in a compression ignition engine. The

ion current sensor can be conveniently installed on commercial engines similar to

the ubiquitous, low-cost, rugged, spark plug [40]. Figure 9.6 illustrates the ion

current measurement system on the engine. A spark plug is used as an ion current

sensor, which employed central electrode of spark plug as the positive bias to

measure the in-cylinder ion signal [40, 41]. To obtain stronger ion signals, a bias

voltage of 237 V is used across the sparkplug electrode along with a resistance of

241 kΩ. The ion current signal is measured by dividing the 241 kΩ into the voltage

drop across the resistor [41].

Ion sensors have been used in SI engine for detection of knock and misfire

conditions [42, 43]. Near-stoichiometric fuel concentration and higher combustion
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temperature form strong ion current signals. The HCCI combustion is a lean and

low temperature process leading to relatively lower quantities of ions during

combustion events [40, 44]. The ions during HCCI combustion process are formed

by a chemi-ionization process governed by three principal reactions (R1–R3)

[40, 44]:

CHþ O $ CHOþ þ e� R1ð Þ
CHOþ þ H2O $ H3O

þ þ CO R2ð Þ
H3O

þ þ e� $ H2Oþ H R3ð Þ

Studies demonstrated that H3O
+ is the most dominant ion, and the associated

electron is responsible for the ion current that can be used for combustion

detection [45].

The ion current signal depends on the fuel properties and engine operating

conditions. Ion current sensing provides the local information, but if charge is

homogeneous, a local measurement can be sufficient [2]. Figure 9.7 shows the

distribution of H3O
+ ion in cylinder of HCCI combustion. Fuel is injected as double

injection, and injection ratio (Injratio) is the ratio of fuel injected in the first injection

event to the second injection event. The figure depicts the ion distribution for two

injection ratios, and in the injection ratio 0.2, more fuel is injected during the

compression stroke. Figure 9.7 shows that the ion concentration is more heteroge-

neous at CA10 (10% heat release crank position) in comparison to injection ratio

Fig. 9.6 Schematic diagram of ion detection setup on an engine [41]
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0.6. The ion concentration is distributed significantly at CA50 and injection ratio 0.2

has relatively lower concentration [46]. These ion predictions are in good agree-

ment with the signal amplitude variations in experimental engines, and hence, these

tools can be used for optimizing the ion sensing system.

Figure 9.8 shows the comparison between the combustion phase (CA50), the ion

current phase (Ion50) and the position with maximum H3O
+ ion concentration

(Pion_max). Figure 9.8a depicts the linear relation between combustion phase

and ion current phase at different equivalence ratios. Position of maximum con-

centration is also correlated well with the Ion50. Combustion phasing is advanced

with increase in injection ratio from 0.2 to 0.6. The linear correlation between Ion50

and CA50 still exists in this condition (Fig. 9.8b). There exist an offset in combustion

phasing predicted by ion current sensor depending on engine operating conditions.

A more complete discussion can be found in the study [47].

9.3.3 Microphone and Knock Sensor

Theoretically, combustion timings can be possibly measured by sensing from both

inside and outside the engine cylinder. Ion current and cylinder pressure sensor

provides the combustion phasing by direct in-cylinder sensing of combustion

process. However, microphone, knock sensors and torque sensors estimate the

combustion phasing indirectly by sensing the effect of combustion event on exter-

nal engine components [3]. Sound sensors (microphone) are typically used in SI

Fig. 9.7 In-cylinder H3O
+

ion distribution under

different injection ratio

conditions in HCCI

combustion [46]
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engine for knock detection purpose. Some of the techniques used for knock

detection in SI engine can also be used for estimation of combustion phasing in

HCCI combustion. A combination of cylinder pressure, engine block vibration and

sound pressure has been used to detect knock in SI engines [48].

A study demonstrated the use of microphones and knock sensors for feedback

control of HCCI combustion [49]. The study showed that combustion phasing

information from sensor output deteriorates with decrease in engine load, and

these sensors can be used for closed-loop control of the combustion phasing in a

HCCI engine at medium to high engine loads [49]. Engine block-mounted accel-

erometers can also be used to extract information about the combustion by

Fig. 9.8 Phase comparison between the CA50, Ion50 and position of maximum ion concentration

(Pion_max) [46]
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analysing the acoustic properties in the cylinders [50]. The accelerometer signals

require a lot of signal processing, and the quality of the measurements is heavily

dependent on the actual location of the sensor on the engine [51].

9.3.4 Engine Torque and Speed Fluctuations

During combustion, cylinder pressure acting on the piston top is transferred to

engine crankshaft through the connecting rod, and hence, information of combus-

tion can be extracted from torque fluctuations on the crankshaft [3]. Extraction

of combustion phasing information from crank shaft torque measurements is a

challenging task due to complexity of torsional dynamics of the crankshaft and

its dependency on engine load and crank shaft position. Crankshaft torque mea-

surements have been used to estimate the mass fraction burned profile for a SI

engine [51]. Crankshaft-mounted torque sensors give similar information as the

instanteneous angular velocity measurements, and since the torque is proportional

to the derivative of the angular velocity, it can give a more accurate measurement

[51, 52].

The engine speed is essentially the time integral of the net crank shaft torque

(excess torque than that is required to maintain a constant engine speed). Measure-

ments of angular velocity give easily accessible information on the fluctuations in

rotational speed, which can be used to estimate torque and/or pressure [53, 54]. The

signal needs to be differentiated (is a noise-sensitive procedure) in order to be

transformed into torque, however even more challenging to extract the cylinder

pressure information from this integrated signal, since the low-frequency informa-

tion tends to drown the more interesting high-frequency information [3]. Recon-

struction of cylinder pressure and crank shaft torque based on measurement of

engine speed fluctuation has been performed for engine control [55]. These

approaches for combustion phasing estimation can also be used for HCCI combus-

tion control.

9.4 Combustion Control Actuators

Enabling LTC with acceptable combustion phasing is more challenging than

conventional SI or CI engines. Cycle-to-cycle control of LTC engines enables

accurate tracking even during transient engine operation and also reduces the cyclic

variations, thereby extending the operating range. Different control strategies used

in LTC engine are discussed in Chap. 5. Several actuators are proposed to control

the LTC engines and discussed in the next subsections.
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9.4.1 Fuel Injection System

Fuel injection system is one of the key actuators in all the LTC strategies. The main

benefit of fuel injection system as control actuator comes from the fact that today

most production engines are equipped with direct fuel injection system, which

enables cycle-to-cycle and cylinder-to-cylinder control of fuel injection timing

and quantity [8]. This control actuation is typically used in LTC strategies such

as PPC and RCCI combustion, where fuel is typically injected directly in the

cylinder [10, 16, 17, 56].

Double fuel injection strategy is used to control PPC engine along with other

actuators [16, 56]. Figure 9.9 demonstrates the effect of start of injection timings

(θSOI) on combustion phasing (θ50) and effect of pilot injection on IMEP and gross

indicated efficiency (ηGIE). Figure 9.9a depicts the combustion phasing as a function

of injection timings for three fuel injection durations (θDOI) at 800 bar fuel injection
pressure. With advance in fuel injection timings, gain in combustion phasing

decreases, and it becomes negative for very advanced fuel injection timings

(Fig. 9.9a). This result provides a lower bound of fuel injection timing for effective

control of combustion phasing. The study kept fuel injection timing above�20 CAD

after TDC to control the combustion phasing using PI controller with manual tuning.

Pilot fuel injection is used to increase the combustion stability and ignition delay

of main fuel injection event. Figure 9.9b depicts the variation in gross indicated

efficiency and IMEP as a function of pilot and main injection duration for com-

bustion phasing close to TDC and pilot injection 20 CAD before the main injection

timings [16]. The figure shows that with lower values of IMEP, gross thermal

efficiency increases with increase in pilot duration, and effect becomes less signif-

icant with increased IMEP. The study concluded to keep the pilot injection duration

at 0.4, in order to increase the thermal efficiency. Fuel injection timing along with

premixing ratio of fuels is also used for control of RCCI combustion [17].

9.4.2 Variable Valve Actuation

Variable valve actuation (VVA) strategy is used to vary the effective compression

ratio of the engine and amount of trapped internal residuals. Different variable

valve actuation strategies used to enable and control the HCCI combustion are

discussed in Sect. 5.1.3 of Chap. 5. Intake valve closing (IVC) timings decide the

effective compression ratio by fixing the start of compression. Compression ratio

significantly affects the combustion phasing. At particular IVC, modulating intake

valve opening (IVO) and exhaust valve closing (EVC) determine the quantity of

inducted reactants and re-inducted product. These three valve timings collectively

can be used for independent control of both effective compression ratio and the

ratio of re-inducted products [12]. Therefore, desired combustion phasing and

engine load can be controlled concurrently by adjusting IVO, EVC and IVC.
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Fig. 9.9 Illustration of the effect of start of fuel injection timings (θSOI) on combustion phasing

(θ50) and effect of pilot injection on IMEP and gross indicated efficiency (ηGIE) in PPC engine [16]

9.4 Combustion Control Actuators 499



Figure 9.10 illustrates the effect of early and late IVC on combustion phasing in

HCCI combustion using VVA at steady-state operating condition. A change of IVC

timing has a nonlinear effect on combustion phasing due to the nonlinear piston

movement and higher sensitivity of delayed combustion phasing to initial condi-

tions (Fig. 9.10) [57]. The figure demonstrates that there are two options to achieve

the same combustion phasing, either during the compression after BDC or by

closing the inlet valve during the expansion before BDC.

To improve low load combustion stability and efficiency of PPC engine, variable

valve actuation is used, and strategies using negative valve overlap (NVO),

rebreathing and split main fuel injection are able to increase the low load perfor-

mance [58, 59].

9.4.3 Fast Thermal Management

Fast thermal management is used to control the temperature of air–fuel mixture at

the beginning of the compression stroke. Intake thermal management strategies are

described in Sec. 5.1.1 of Chap. 5. A method to achieve fast thermal management is

by controlling the intake temperature using a source of cold ambient air and a

source of hot recovery heated air (Fig. 5.2 of Chap. 5). Intake temperature strongly

affects the combustion phasing of LTC engines. Fast thermal management is used

to control the HCCI combustion as well as PPC engines [16].

Fig. 9.10 The effect of IVC position on variation in combustion phasing (CA50) at steady-state

HCCI combustion [57]
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9.4.4 Dual Fuel (Fuel Octane/Reactivity)

In dual fuel-type controls, two fuels with different auto-ignition reactivity are used.

Typically, the dual fuel system has a main fuel with a high octane number and a

secondary fuel with low octane number. Dual fuel strategy of LTC control is

discussed in Sect. 5.2.3 of Chap. 5. Different autoignition reactivity of dual fuel

system is used to control the HCCI combustion phasing by blending the two fuels in

different fuel ratios. Different fuel ratios vary the overall reactivity (octane number)

of the fuel used for charge preparation. Typical examples of the fuels considered in

LTC engines include mixtures of n-heptane and diesel, mixtures of ethanol and

n-heptane, mixtures of methanol and n-heptane and mixtures of gasoline and diesel

[60]. Figure 9.11 illustrates the HCCI combustion control concept using two fuels

of different reactivity. The engine load (IMEP) is controlled by the amount of fuel

energy supplied to the engine as IMEP is strongly dependent on input energy [1, 61,

62]]. The combustion phasing (CA50) is controlled by varying the fuel ratio at

constant energy input. Increase in high reactivity fuel advances the combustion

phasing, and hence, CA50 can be used a process output, which is controlled by fuel

ratio. Additionally, two constraints are imposed to avoid the excessive pressure rise

rate and misfire conditions during combustion.

Dual fuel HCCI combustion control is typically implemented using block

diagram shown in Fig. 9.12. In this particular diagram, engine speed and intake

air temperature controller (shaded region) work independently to maintain the

desired engine speed and inlet temperature using separate controller. The combus-

tion phasing and IMEP controller take the input of CA50 and IMEP respectively that

are computed from measured in-cylinder pressure data online. Depending on the

reference set value of the CA50, combustion phasing controller determines the fuel

ratio (Rf) and sends it to the pulse width (PW) calculator. The PW calculator

Fig. 9.11 Illustration of a dual fuel HCCI combustion control concept [60]
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determines the PW of fuel injection for both fuel injectors based on the given fuel

ratio and fuel energy at particular engine load (IMEP). Based on the input received,

injection driver injects the required quantity of methanol and n-heptane.

Dual fuel combustion control is also used in RCCI combustion engine. In RCCI

combustion, high reactivity fuel is directly injected and low reactivity fuel is

injected typically in the intake port of the engine. Directly injected high reactivity

fuel creates the reactivity stratification in the combustion chamber. The combustion

phasing depends on the reactivity stratification distribution of fuel in the cylinder.

The premixing fuel ratio and direct fuel injection timings are used to control the

combustion phasing and load in RCCI combustion engine [17].

9.5 Control Methods and Controllers

Control means measuring the value of the control parameter of the system and

implementing the control signal on the system to correct or limit deviation of the

measured value from the desired value [8]. In closed-loop control of the system,

controller tends to reduce the difference between system output and reference set

value, and the control operation is based on this difference. The LTC engines are

sensitive to initial conditions and, thus, adequate control is required. In a well-

premixed HCCI combustion, closed-loop control is essential to operate the engine

at medium to high loads. Open loop control can sufficiently work at low engine load

conditions below 5 bar IMEP [63]. Various control approaches are used to control

HCCI combustion engines. Figure 9.13 presents the summary of different control

approaches used for LTC engine control.

Fig. 9.12 Block diagram of the control structure of dual fuel HCCI combustion control [60]
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The main dynamic controllers for LTC engine combustion phasing are grouped

into two main categories: (1) empirical controllers and (2) model-based controllers

(MBC). The empirical controllers include empirically tuned proportional integral

(PI) and proportional integral derivative (PID) controllers. For model-based con-

trollers, an accurate model is essential to dynamically predict engine operation, and

this type of controller uses integral state feedback, linear quadratic regulator (LQR)

and linear quadratic Gaussian (LQG), model predictive control (MPC), sliding

mode, H2 and constraint-based controllers to control the engine [9]. Detailed

description of design and implementation of these controllers can be found in

standard books [64–66]. To control the mode switching (HCCI to HEV), rule-

based controllers (RBCs) are used [32, 33]. An accurate model is necessary for

prediction of combustion phasing in model-based controllers. The model-based

controllers can be further split into two categories, system identification-based

controllers and physics-based controllers, depending on the type of model used in

the synthesis of the controller. The first category of controllers is based on empirical

models such as black-box modelling or system identification [67, 68]. The second

category of controllers relates to MBC designed from physical models such as

thermodynamic models of combustion cycle [9]. Model-based controller can also

be categorized into linear and nonlinear model-based controllers (Fig. 9.13). A

comprehensive review of modelling and design of controller architecture for HCCI

combustion control can be found in [8].

Fig. 9.13 Summary of LTC control strategies (Adapted from [9])
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9.5.1 Manually Tuned Controllers

Manually tuned controllers are based on intuitive control methodologies and do not

require any modelling of the engine. This type of controller can be easily

implemented, but their performance in nonlinear system is variable and has lag in

response to large disturbances [8]. This type of controller has the combination of

proportional control action, integral control action and derivative control action

which is termed as PID control. These controllers are intuitively tuned manually.

Closed-loop control of the combustion phasing and engine load is implemented

by using a gain-scheduled experimentally tuned PID controller in a HCCI engine

[19]. Variation in fuel ratio of n-heptane and iso-octane (octane number variation)

is used to control the combustion phasing, and fuel input energy is used to control

the engine load (similar to Fig. 9.12) [19]. The combustion phasing and IMEP,

calculated from cylinder pressure, are used as feedback to the engine controller. A

study implemented PI controller for HCCI combustion by modulating the fraction

of external residuals, as well as the temperature of the intake air/residual mixture

[69]. This study used a combination of two PI controllers, a slow one for IMEP and

a faster one for CA50. It is also demonstrated that microphones can be used to

provide feedback signals for combustion timing control [49]. An exhaust back

pressure valve is used to regulate the amount of residuals, which were used to

control the combustion timing. A PID controller is designed to change the ratio of

the hot to cold intake air for combustion timing control in HCCI engine, while fuel

input energy is used to control the engine load [70]. It is found that fuel type and its

low temperature heat release characteristics have a large influence on closed-loop

response of the controller. A PID control strategy for combustion timing control is

demonstrated by using valve timings. NVO duration and IVC timing are used as

valve timing strategies. NVO is used to vary the intake valve closing temperature by

trapping the residual gas, and IVC is used to regulate effective compression ratio for

engine load control [71]. In a variable compression ratio HCCI engine, compression

ratio is used to control combustion phasing with a PID controller [72]. The con-

troller demonstrated acceptable performance with disturbances in intake charge

temperature, fuelling rate and engine speed.

9.5.2 Model-Based Controllers

Model-based controller uses a mathematical model of the system for control action,

and it adapts automatically to the process change. However, model-based controller

cannot account for unmodelled disturbances and has poor performance with inac-

curate models [8]. There exist several LTC engine models in published literature

with different level of complexity and accuracy. These engine models range from

simple linearized transfer function models to very complex and detailed cycle

simulation models. Different strategies used to model the HCCI combustion
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behaviour include empirical modelling, black-box modelling, mean value model-

ling, chemical kinetic-based modelling and grey box modelling [8]. Each of these

strategies has different levels of information about process/system, computation

time and complexity in real-time implementation.

An accurate HCCI combustion model is of great importance and helps in model-

based controllers, and this type of controllers can be ported across different test

beds. The HCCI combustion needs the controller that can achieve desired optimum

state within minimum number of cycles while having good robustness to physical

disturbances. Figure 9.14 depicts a typical control structure for this type of engine

for optimal performance. This engine controller can adjust the performance to the

desired set point. Desired performance can be achieved if proper combustion timing

suggested by optimum CA50 generator can occur. In the meantime, a rapid control-

oriented engine model plays the role of an engine simulator (real-time engine

simulator, virtual control engine or box of virtual sensors) to provide a real-time

prediction of engine performance-/emission-related parameters to be used in the

controller and optimum CA50 generator [8].

Fig. 9.14 Schematic of a LTC engine control structure [8]
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Several studies have used model-based controllers for LTC engine control. A

multi-input–multi-output (MIMO) controller is developed to decouple the control of

combustion timing and peak cylinder pressure [73]. Another study developed both

data-driven and physics-based models that are used to design controllers to track

load, while regulating the pressure rise and CA50 [74]. A linear quadratic regulator

(LQR) controller is used to modulate peak cylinder pressure, while a proportional

integral controller adjusts the combustion phasing in an engine with VVA [75]. The

VVA system adjusted the composition of intake gas for controlling the peak cylinder

pressure on a cycle-to-cycle basis while using inlet valve closing at relatively slow

timescale to change the effective compression ratio and control phasing.

To design optimal dynamic controllers, linear quadratic Gaussian (LQG) control

is another state-space-based optimal control methodology [5, 8]. The synthesis

problem is formulated as a minimization of a criterion, which is a quadratic

function of the states and the control signal. The optimal control problem is the

problem of finding the admissible control function minimizing the loss function

[8]. A study used a model-based LQG controller, which was developed using

system identification techniques [76]. The LQG controller showed slightly better

performance than the manually tuned PID controller.

Model predictive control (MPC) is an optimal model-based control approach

that requires a model of the engine combustion for control action. The MPC is

demonstrated as a suitable control strategy for HCCI engine due to its MIMO

capabilities, and its ability to work with explicit constraints on control signals and

outputs [8, 77, 78]. A MPC is designed and implemented on HCCI engine with four

inputs and three outputs [79]. To design MPC control system, identification-based

modelling is used with four inputs fuelling rate, ethanol fraction, engine speed and

inlet temperature, and three outputs combustion timing, engine load and pressure

rise rate. Constraints are imposed on the actuators and pressure rise rate. The MPC

showed robust performance in tracking the combustion phasing and engine load.

Another study developed MPC based on system identification with IVC timing,

intake manifold temperature, injected fuel energy and engine speed as the inputs.

Combustion phasing and IMEP are controlled using IVC timing and fuelling rate as

main actuators considering constraints on pressure rise rate [80]. Three control

structures (MPC, LQG and PID controllers) are implemented on six-cylinder

heavy-duty engine for cycle-to-cycle control of combustion timing [57]. Dynamic

models for HCCI combustion are obtained by system identification for LQG and

MPC controllers. The MPC shows better performance in controlling HCCI com-

bustion phasing and engine load in comparison to the other two controllers.

In PPC engine, the MPC design is used to control the ignition delay while

keeping the combustion phasing within an acceptable range using the fuel injection

timings [81]. Another study used MPC for closed-loop control of the ignition delay

and combustion phasing on cycle-to-cycle basis in a multi-cylinder PPC engine

operated on a gasoline [10]. The control of the output parameters is implemented by

modulating the injection timings, the valve positions of a dual path EGR system and

the valve positions of an inlet manifold fast thermal management system. Reliable

and sufficiently good performance is shown by MPC control in PPC engine, which

can be further improved by extending the model.
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Chapter 10

Closure

Abstract Research towards the development of internal combustion engine having

high fuel conversion efficiency and ultralow emissions is driven by stringent

emission legislations, degradation of ambient environmental conditions, depletion

of fossil resources, energy security and global warming. The low temperature

combustion (LTC) engines are one of the potential options to fulfil the objective

of high fuel conversion efficiency along with ultralow emissions of NOx and

particulate matter. The LTC engines are radically different from conventional

spark ignition and compression ignition engines. Research has been conducted on

various LTC concepts using conventional and alternative fuels on both light-duty

(LD) and heavy-duty (HD) engines. Performance, combustion and emissions char-

acteristics along with different control strategies of LTC engines are discussed in

previous chapters of the present book. Summary of main findings regarding per-

formance, combustion and emissions characteristics of various LTC strategies is

presented in this chapter, and recommendations for further work are also outlined.

Keywords LTC • HCCI • PPC • RCCI • Dual fuel • Combustion control • Engine •

Gasoline • Diesel • Stratification • Emissions • IMEP • Ignition • SI • CI

10.1 Summary

The internal combustion engines, fuelled mostly by petroleum-derived liquid fuels,

have been the main source of transport power over the past century and are likely to

remain so in the foreseeable future, though alternatives such as electrification of

transport play a role. However, combustion engines are continuously changing,

primarily driven by the need to be more efficient and meet the stringent emission

legislations along with satisfying the customer demands such as driveability at an

affordable cost. These requirements stimulate new developments in both conven-

tional and alternative engines as well as fuels. To address the challenges in fuels

and combustion engines, there are four possible approaches, i.e. (1) improvement of

conventional engines, (2) improvement of conventional fuels, (3) development of

alternative engine and (4) utilization of alternative fuels, and their combinations.

Conventional and alternative fuels are continuously evolving to minimize the local
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and global environmental impact in their manufacturing process and in their use in

combustion engines. Premixed LTC is an alternative combustion concept for

reciprocating internal combustion engines, which offers prominent benefits in

terms of simultaneous reduction of both NOx and particulate emissions to ultralow

levels along with reduction in fuel consumption.

Among the LTC strategies, homogeneous charge compression ignition (HCCI)

concept is evolved as third major engine combustion modes in addition to the

conventional spark ignition (SI) and compression ignition (CI) modes of engine

combustion. The HCCI combustion mode used well-mixed fuel–air mixture, and

hence, simultaneous autoignition of entire mixture in the cylinder leads to very

high-pressure rise rate and combustion noise. To control the combustion rate, HCCI

engines are operated on diluted lean fuel–air mixture, which results into lower

engine operating range. Fuel and thermal stratification in the combustion chamber

is found beneficial in reduction of heat release rate by sequential autoignition

starting from most favourable conditions (locally richer mixture/hotter region).

Fuel stratification in the cylinder can be easily controlled by direct fuel injection

system. Therefore, different levels of fuel stratification are used to increase the load

range of HCCI combustion while keeping its benefit of ultralow NOx and soot

emissions. All the LTC strategies using gasoline direct injection are grouped in the

three main categories based on stratification of charge: (1) partial fuel stratification

(PFS), (2) moderate fuel stratification (MFS) and (3) heavy fuel stratification

(HFS). Partially premixed combustion (PPC) in HFS regime is able to achieve

the engine load similar to CI engines using gasoline-like fuels. To control the high

combustion rate, a very high amount (~50% or more) of exhaust gas reticulation

(EGR) is used. To reduce the requirement of EGR in PPC strategy, dual fuel

reactivity controlled compression ignition (RCCI) strategy is developed, where

fuel stratification as well as reactivity stratification is used to control the combus-

tion rate. Presently, PPC and RCCI are the most widely investigated LTC strategies

for automotive engine application. To further improve the RCCI engine efficiency

and combustion control, direct injection dual fuel stratification (DDFS) strategy is

demonstrated, where both low and high reactivity fuels are directly injected into the

engine cylinder.

Fuel properties and composition play an important role in all the physical and

chemical processes involved in LTC process. Autoignition chemistry depends on

the fuel composition and mixture quality (equivalence ratio and homogeneity).

Creation of premixed charge in the combustion chamber is the key feature of LTC

engines. Quality of fuel–air mixture governs the combustion process and its rate.

Formation of premixed charge is required prior to the start of combustion in LTC

engine. Depending on LTC strategy, different qualities of premixed charge (degree

of homogeneity) are required for higher thermal efficiency and to control the

combustion rate. The premixed charge can be created by injecting fuel, outside

the engine cylinder (external charge preparation) or inside the cylinder (internal

charge preparation), depending on fuel properties and combustion strategy. Typi-

cally, in well-mixed HCCI combustion, external charge preparation is used, and in

other LTC strategies, internal charge preparation is also used. To enable and control
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the LTC engines, two main approaches are used: (1) altering pressure–temperature

history of the charge in the cylinder and (2) altering fuel reactivity of charge.

Temperature history of the charge in the cylinder can be altered by several param-

eters such as intake conditions (temperature and pressure), EGR, variable valve

timings (VVT), variable compression ratio (VCR), water injection, supercharging

and fuel injection strategies. Fuel reactivity of charge in the cylinder can be altered

by various parameters such as equivalence ratio (Φ), fuel stratification, fuel addi-

tives, ozone additions and dual fuel.

The LTC operating range is typically constrained by several limiting factors

such as combustion noise, combustion instability, maximum cylinder pressure,

oxygen availability, excessive reactivity and emission limits. Typically, ringing

intensity (RI) is used to define the high load limit. Acceptable RI value mostly used

is below 5 MW/m2 in LTC engines. The coefficient of variation in indicated mean

effective pressure (IMEP) is typically used to define the lower engine operating

range with limiting value of 3.5%. Using these operating limits, maximum IMEP

achieved is typically around 5 bar in naturally aspirated HCCI engine using well-

mixed fuel–air mixture. In HCCI operating range, the IMEP mainly depends on the

amount of energy input in the cylinder or maximum equivalence ratio of engine

operation. It is demonstrated that high octane fuels (gasoline-like fuels) can be best

utilized in compression ignition engines. The maximum engine load up to 20 bar

IMEP in well-mixed HCCI combustion and 25 bar IMEP with PPC combustion is

achieved while maintaining the emission level of NOx and soot below EURO VI

limits. This engine loads achieved in HCCI and PPC engines are comparable to the

conventional diesel engines. However, higher boost pressure up to 3.6 bar is used to

achieve this engine load, and this level of boost requirement cannot be achieved by

present turbocharger used in vehicles. It is demonstrated that partial fuel stratifica-

tion can reduce the requirement of boost pressure for the same maximum engine

load operation in well-mixed HCCI combustion.

The HCCI engine has higher thermodynamic efficiency in comparison to the con-

ventional SI engine. Higher thermal efficiency is one of the main benefits of LTC

combustion engines. Gross indicated thermal efficiency up to 57% in PPC mode

using gasoline-like fuels and up to 58% in dual fuel RCCI engine is demonstrated

(Chap. 7). Higher thermal efficiency leads to reduction in specific fuel consumption

of the engine and saves the fuel. Thus, fuel economy of vehicles with LTC engine

powertrain is better than conventional engines.

Depending on the fuel used in LTC engines, single-stage and two-stage heat

release characteristics are observed during combustion. In single-stage heat release

fuel, only high temperature heat release (HTHR) is observed, while in two-stage

heat release fuels, low temperature heat release (LTHR) is also observed along with

HTHR. Fuels exhibiting LTHR typically require less intake temperature for

enabling the autoignition in the cylinder. However, LTHR is affected by intake

pressure and temperature, EGR, and engine speed in addition to fuel type. Some

fuels like gasoline exhibit LTHR or intermediate temperature heat release (ITHR)

at higher intake (boost) pressure, while in naturally aspirated conditions, only

single-stage HTHR is observed. Typically, LTC engine has very high heat release
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rate (HRR) due to premixed combustion, and it can be controlled by using high

amount of EGR, dilution and stratification. Typically, EGR has higher specific heat

that lowers the combustion temperature. Lower combustion temperature due to

EGR retards the combustion phasing which lowers the peak heat release rate.

However, trace species present in EGR such as NO can also advance the start of

combustion due to participation of trace species of EGR in autoignition reactions.

In LTC engines, combustion instability (cycle-to-cycle variations) can be very high

in some of the operating conditions particularly at retarded combustion phasing and

leaner mixture operation at lower engine loads. Cyclic variations in LTC combus-

tion can be random normal variations as well as deterministic or periodic patterns.

Due to its nature, premixed LTC strategy has the potential to generate very low

levels of NOx and soot emissions. Typically, all the LTC strategies are able to achieve

NOx and PM emissions below EURO VI norms in LTC operating range without

any exhaust after-treatment system. The ultralowNOx and PM emissions are the most

beneficial part in LTC engines. However, LTC engines generally have very high

amount of unburned hydrocarbon (HC) and carbon mono-oxide (CO) emissions,

which can be easily handled by oxidation catalyst. For effective conversion effi-

ciency, oxidation catalyst requires higher operating temperature than its light-off

temperature. However, LTC engines have very low exhaust gas temperatures partic-

ularly at lower engine loads, where HC and CO emissions are also higher. This is one

of the challenges to be tackled in LTC engines. Particulate matter emitted from LTC

engines is generally lower on mass basis; however particle number emissions are

significantly emitted. Most of the particles emitted from the LTC engines are of

volatile nature depending upon the LTC strategy and fuel used.

The LTC engines, particularly HCCI combustion, need closed-loop combustion

control, and map-based engine operation is not possible as some of the engine

operating conditions are unstable (Chap. 9). Typically, cylinder pressure sensor and

ion current sensors are used for sensing of combustion phasing of LTC engine for

closed-loop control. The HCCI combustion control variables are divided into four

major groups, namely, (1) control of combustion phasing, (2) control of engine

load, (3) control of exhaust treatment efficiency (exhaust gas temperature) and

(4) control of HCCI dynamics for combustion mode switching between HCCI and

conventional SI or CI modes. Closed-loop control of combustion phasing and

engine load is demonstrated using manually tuned controller and several model-

based controllers in HCCI, PPC and RCCI engines. Advanced controllers such as

adaptive controller and model-based predictive controller are more effective in

controlling combustion phasing in a wide range of operating conditions of LTC

engines.
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10.2 Future Directions

Research activities from the last few decades lead to the development of different

LTC strategies such as HCCI, PPC and RCCI combustion modes that demonstrated

higher fuel conversion efficiency as well as very low NOx and PM emissions.

Several technical challenges are still to be resolved before mass commercialization

of high-efficiency, emissions-compliant LTC engine-based powertrains in heavy-

and light-duty vehicles. Research and development effort is required in the follow-

ing direction for improving the present LTC mode engines.

1. Load range extension: Engine operating range of LTC combustion strategies is

typically lower than conventional engines. However, PPC combustion has

demonstrated IMEP up to 25 bar at fixed engine speed with a very high boost

pressure (~3.6 bar). This engine load is similar to the engine load possibly

achieved by CI engines; however required boost pressure level is very high

and it cannot be achieved by turbocharger used in present CI engines. Research

is required to reduce the boost to engine load ratio in LTC engines by optimizing

fuel injection strategies, engine operating conditions (EGR, intake temperature,

compression ratio) and fuel. Several renewable fuels are being developed that

have potential for load range extension of LTC engines in combination with

optimized engine operating strategies. Fundamental combustion studies (model-

ling and optical engine experiments) need to be conducted for different LTC

strategies (RCCI, DDFS, PPC) with alternative and conventional fuels to better

understand the combustion process, which helps in operating range extension.

Comprehensive study of combustion noise level and ringing is also required,

which limits the load range of LTC engines.

2. Optimization of air handling system: The LTC strategies such as HCCI and

RCCI are highly sensitive to initial intake conditions, which are strongly

affected by the gas exchange process. Air handling systems including EGR,

turbocharger/supercharger performance and valve timing affect the gas

exchange process of engine. Therefore, optimization of air handling system is

required for different LTC strategies, especially determination of system param-

eters and air handling configurations for high engine load operations. Redesign

of manifold and variable valve actuation (VVA) strategies can be investigated

for reducing pumping and friction work during engine operation. To improve the

turbocharger efficiency, a newly proposed strategy called active control

turbocharging [1] could be explored for LTC engine applications. Utilization

of mixed flow turbine is another strategy to maximize the work extraction and

increase the turbocharger efficiency [2], and it may be used for LTC engine

turbocharging. Optimization and closed-loop control of fuel and air handling

system can lead to optimal combustion characteristics of LTC engines.

3. Premixed charge optimization: Premixed charge preparation plays an important

role in LTC strategies. Fuel and reactivity distribution in the cylinder determines

the combustion characteristics. The optimization of injection strategies (number

of injection, fuel injection timings, fuel injection pressure, injector cone angle
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and nozzle geometry), swirl and combustion chamber geometry is required for

desired combustion characteristics. In more complex strategies like DDFS,

optimization of the injection strategy of both high and low reactivity fuels

along with other parameters involved in charge preparation could lead to

improved engine efficiency and reduced emissions. Flow characteristics such

as swirl affect the mixing process of air and fuel. Therefore, manifold design and

manifold wave dynamics can also affect the charge preparation, and hence, it

needs to be optimally designed for particular LTC strategy.

4. Cold start and transient operation control: The LTC engines, particularly HCCI

combustion, are very sensitive to initial charge conditions, and minor variations

can significantly affect the combustion phasing. Additionally, intake tempera-

ture required for autoignition varies with engine operating conditions and fuel

properties. Under cold start conditions, it is difficult to autoignite the charge due

to lower compressed gas temperature achieved in the engine cylinder during cold

start condition. One possible suggestion to address the cold start issue is to start

the engine in conventional mode and then shift to LTC mode. In this case,

combustion mode transition needs to be controlled efficiently. Most of the LTC

studies are conducted on steady-state operation. Automotive engine needs to

operate on frequent transition in a driving cycle. Therefore, transient character-

istics need to be investigated, and the required control strategies for transient

engine operation needs to be developed for LTC engines.

5. Particle emission characterization: Although LTC engines have very low par-

ticulate matter on mass basis, the particle number emissions are significant.

Particle number distribution in various LTC strategies including HCCI, PPC

and RCCI combustion is investigated with certain range of operating conditions.

Particles emitted from LTC modes have large fraction of volatile particles.

Volatile and non-volatile particle characterization from different LTC strategies

with different fuels over a wide range of engine operating conditions needs to be

conducted. Fuel composition and physical properties have great impact on

particulate formation, and hence, investigation is required for particulate emis-

sion with oxygenated fuels and fuels with short carbon chains (low C/H ratio),

which are potential candidate for low particulate emissions. Air–fuel mixing

affects the soot formation, and hence, soot reduction can be improved further by

enhancing the fuel-wall interactions in the cylinder. To find a good combination

of turbulence and injection process (for a specific fuel) for particle emission in

LTC engine, several parameters such as swirl ratio, injection spray angle, piston

geometry and injector parameters should be investigated. Particles emission

from LTC engines needs further investigation including particle chemical com-

position, optical properties and micro- and nanostructure using different fuels.

Study of other unregulated species (such as PAH, carbonyl compounds, etc.) and

their toxicity can also be investigated on LTC engines using conventional and

alternative fuels.

6. Exhaust after-treatment development: In LTC engines, NOx and soot emissions

are controlled in cylinder, and no exhaust after-treatment system is required to

meet the emission legislation for NOx and PM. However, HC and CO emissions
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are very high in LTC engines. To maintain acceptable level of emissions,

development of suitable exhaust after-treatment along with appropriate control

strategy is required. To mitigate the HC and CO emissions, typically oxidation

catalyst is used, which works efficiently above its light-off temperature. Exhaust

gas temperature in LTC engines is very low at some of the operating conditions.

This makes the emission control problem further difficult. Two possible

approaches can be used to handle this issue. First, exhaust gas temperature

control system can be developed to maintain the required exhaust gas temper-

ature in the exhaust line. Second option is to develop the catalyst that can work

efficiently at lower exhaust temperatures achieved in LTC engines.

7. Closed-loop control development: Closed-loop control is required in HCCI

engines particularly at high engine load operation. Closed-loop control of

combustion phasing and engine load is demonstrated in HCCI, PPC and RCCI

combustion strategies using different actuators (Chap. 9). Different aspects of

control structure needs to be thoroughly addressed, and precisely validated with

experimental data to achieve the benefits of HCCI combustion with all its

advantages. In current scenario, exhaust gas temperature is also a control

variable along with combustion phasing and engine load in HCCI engines.

Model-based predictive control (MPC) is found to be a better option for

closed-loop control of LTC engines. To effectively utilize and implement,

accurate predictive model of LTC engine is required including all the parameters

over a wide range of engine operating conditions. For closed-loop control,

sensing of combustion phasing is typically based on cylinder pressure measure-

ment. Low-cost cylinder pressure sensor development is required to use it on

production engine. Different control structure issues need to be further explored

so that a final viable control structure can be developed and implemented in LTC

engines.

8. Mode switching and integration of LTC engines with other powertrains: Dual-
mode engine operation (SI-HCCI or CI-HCCI) seems to be a potential solution

for full load operation in production engines by adapting HCCI mode. Research

and development efforts are required for development of mode transition control

and robust operation of LTC mode. In dual-mode engine operation, exhaust

after-treatment for NOx and PM needs to be installed in exhaust line. During

conventional mode engine operation, to mitigate NOx and PM emission, after-

treatment system is required. Integration of HCCI engine into hybrid electric

vehicles (HEVs) may become a viable solution to address some of the HCCI

engine control challenges. Depending on the HEV architecture, most of the

vehicle transient operations can be handled by the electric motor, which facil-

itates the steady-state operation of HCCI engine at fixed load. HCCI engine

operation can be better controlled during steady-state conditions. In HEV appli-

cation, option of supercharger instead of turbocharger can also be explored to

increase the engine load range of HCCI engine.
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Review papers in reference [3–10] may be helpful for additional details about

the present developments of LTC engines and future directions for path to be

followed for further improvement in current LTC strategies.
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Table A1 Reaction rate coefficients (k) of important ethanol oxidation reactions in HCCI

engines [1]. (k ¼ ATb exp(�Ea /RT)

Important reactions A b Ea

H þ O2 (þ M) [¼] HO2 (þ M)

Third body efficiencies CH4 ¼ 10.0 CO2 ¼ 3.8

CO ¼ 1.9

1.05E þ 0007 1.257 0

H þ HO2 [¼] O þ H2O 3.0401E þ 0007 0 7200.664

OH [¼] O þ H2O 3.6057E � 0002 2.4 8836.608

OH (þ M) [¼] H2O2 (þ M) 1.2524E þ 0008 0.37 0

CH3 þ HO2 [¼] OH þ CH3O 7.07E þ 0006 0 0

CH3 þ HO2 [¼] CH4 þ O2 3.03E þ 0006 0 0

CH3 þ O2 [¼] O þ CH3O 1.4645E þ 0007 0 122210.456

CH3 þ O2 [¼] CH2O þ OH 253,510 0 61253.76

CH2O þ OH [¼] HCO þ H2O 3464.3 1.18 �1870.248

CO þ OH [¼] H þ CO2 9.5142E � 0003 2.25 �9836.584

CO þ O þ M [¼] CO2 þ M 623.17 0 12,552

CO þ HO2 [¼] CO2 þ OH 5.858E þ 0007 0 95955.856

C2H5OH (þ M) [¼] CH3 þ CH2OH (þ M)

Third body efficiencies H2 ¼ 2.0 CO2 ¼ 3.0

CO ¼ 2.0 H2O ¼ 5.0

6.059394E þ 0023 �1.68 381425.992

OH þ C2H5OH [¼] H2O þ C2H4OH 175,740 0.27 2510.4

OH þ C2H5OH [¼] H2O þ CH3CHOH 468,640 0.15 0

OH þ C2H5OH [¼] H2O þ CH3CH2O 753,460 0.3 6836.656

CH3 þ C2H5OH [¼] CH4 þ C2H4OH 2.2119E � 0004 3.18 40258.448

CH3 þ C2H5OH [¼] CH4 þ CH3CHOH 7.3528E � 0004 2.99 33254.432

HO2 þ C2H5OH [¼] H2O2 þ CH3CHOH 8.2E � 0003 2.55 44,978

HO2 þ C2H5OH [¼] H2O2 þ C2H4OH 1.2423E � 0002 2.55 65,898

CH3CH2O þ M [¼] H þ CH3HCO þ M 1.1716E þ 0029 �5.89 105746.416

CH3CH2O þ M [¼] CH3 þ CH2O þ M 1.3635E þ 0032 �6.96 99579.2

OH þ CH3HCO [¼] H2O þ CH3CO 9.3324 1.5 �4025.008

OH þ CH3HCO [¼] H2O þ CH2HCO 0.17372 2.4 3409.96

OH þ CH3HCO [¼] CH3 þ HCOOH 3.03E þ 0009 1.076 0

CH3 þ CH3HCO [¼] CH4 þ CH3CO 3.939E � 0013 5.8 9204.8

HO2 þ CH3HCO [¼] H2O2 þ CH3CO 2.424E þ 0013 �2.2 58701.52

HO2 þ CH3HCO [¼] H2O2 þ CH2HCO 234,320 0.4 62190.976

O2 þ CH3HCO [¼] HO2 þ CH3CO 1.01E þ 0008 0 176564.8

OH þ C2H4 [¼] H2O þ C2H3 2.0402E þ 0007 0 24836.224

CH3 þ C2H4 [¼] CH4 þ C2H3 6.6862E � 0006 3.7 39,748

O2 þ C2H3 [¼] CH2O þ HCO 1.717E þ 0023 �5.312 27,196

O2 þ C2H3 [¼] O þ CH2HCO 5.61055E þ 0008 0.611 22007.84

O2 þ CH2HCO [¼] CH2O þ CO þ OH 30,300 0 0

HO2 þ CH2HCO [¼] O2 þ CH3HCO 3.03E þ 0006 0 0

A units, m3 mol�1 s�1; Ea units, J/mol
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Table A2 Summary of performance and combustion parameters that can be estimated by

processing of measured in-cylinder pressure data [2]

Data derived from
in-cylinder pressure

Information regarding
engine

Signal processing methods/
equations

Cycle averaged in-cylinder

pressure

Firing cycle crank angle

(CA)-based combustion

event and quality of

combustion

Averaging of cylinder pressure of

different consecutive combustion

cycle on crank angle (CA) basis

Motoring cylinder pres-

sure, peak compression

pressure and its CA

position

Used for tuning heat release

parameter, TDC correction,

engine cylinder condition and

blow-by estimation

Measuring signal in non-firing

engine cycle and averaging to

number of cycle. Calculation of

TDC position using thermody-

namic method using measured

pressure signal

Peak pressure Mechanical load on piston-

cylinder

Maximum value computation in

in-cylinder pressure signal

Rate of pressure rise Knock limit of engine, com-

bustion noise

Derivative of pressure signal

Crank angle at peak pres-

sure, rate of heat release

curve and energy conver-

sion positions

Overall efficiency, combus-

tion efficiency, qualitative

exhaust values, quality of

ignition system

Using first law of thermodynam-

ics, ROHR calculation using

equation
dQ
dθ ¼ γ

γ�1
PdV
dθ þ 1

γ�1
VdP
dθ þ ∂Qw

dθ

Energy conversion points are cal-

culated by integrating ROHR

curve

IMEP, FMEP, PMEP Cylinder work output, com-

bustion stability (cyclical

fluctuations), friction losses,

gas exchange losses

Computation of work using the

cylinder pressure signal and vol-

ume curve generated from engine

geometry

Wnet ¼ 2π

360

Z360
�360

P θð ÞdV
dθ

� �
dθ

Calculation of work in high pres-

sure component and low pressure

component to calculate IMEP,

PMEP and FMEP

PV and log(PV) diagram Work output and pumping

losses, determination of TDC

position, polytropic coeffi-

cient of mixture in compres-

sion and expansion

Computation of area under curve,

calculation of logarithmic value of

pressure and volume curve, slope

of curve in compression and

expansion stroke to find polytropic

coefficient

Gas temperature and wall

heat transfer

Qualitative exhaust values,

heat transfer

Using empirical equations devel-

oped using in-cylinder pressure

and mean gas temperature

High-frequency compo-

nent of vibration

Knocking, combustion noise,

ringing intensity

Filtering using bandpass filter,

wavelet analysis, power spectrum

Ignition delay Formation of air–fuel mix-

ture, premixed charge quality

Calculated from ignition (SI) or

injection point (CI) and start of

combustion calculated from heat

release curve

(continued)
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Table A2 (continued)

Data derived from
in-cylinder pressure

Information regarding
engine

Signal processing methods/
equations

Mass flow rate Air mass flow estimation,

residual exhaust gas in cylin-

der, backflow

Application of the Δp-method for

estimating the air mass

Compression ratio

estimation

Actual compression ratio Computation using polytropic

compression model and optimiza-

tion algorithm

Air–fuel ratio calculation Cylinder mixture strength Cylinder pressure moment-based

approach, net heat release-based

estimation

Torque estimation Engine torque Indicated torque is estimated from

the peak pressure and its location,

and the load torque is observed on

the basis of the estimated indicated

torque

COVIMEP, CA position for

different heat release and

mass burn fraction

Cycle-to-cycle dispersion,

misfire and partial burn cycle

Statistical analysis, symbol

sequence analysis, return maps

Emissions estimation Engine emissions, quality of

combustion

Neural network-based algorithm,

regression-based approach

Control parameter

calculations

EGR control, noise control,

emission control, online

combustion failure detection,

start of injection control

Online signal processing (filtering)

and computation of control

parameter

Data 
Logging 
Computer

Engine

Charge Amplifier Piezoelectric Pressure 
Transducer 

Compact 
RIO

Fuel 
Injector 

Precision 
Shaft 
Encoder 

Fig. A1 Schematic diagram of in-cylinder pressure measurement system [3]
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Appendix 2
Measured Cylinder Pressure Data Analysis

In-Cylinder Pressure Data Analysis

In-cylinder pressure is typically measured by using piezoelectric pressure sensor

that has charge output depending on the pressure in cylinder. The charge output

from the piezoelectric pressure transducer is supplied to the charge amplifier, which

converts the charge output to a proportional voltage signal. The voltage signal is

acquired using high speed data acquisition system by converting analog voltage

signal into digital signal. Piezoelectric pressure sensor typically measures the

relative pressure in the cylinder. Therefore, to convert the pressure data into

absolute pressure value, a known pressure value at certain crank angle

(CA) position in the cycle is provided (called “pegging” or referencing) [1].

Presently two types of methods are used for estimating the cylinder pressure

pegging: (1) the methods which require additional absolute pressure reference

and (2) the methods which utilize the polytropic compression curve [2]. Absolute

pressure values are calculated by assigning a known absolute pressure at pegging

position in the cycle, and calculated using the following equation [3]:

P θð Þ ¼ Ppeg þ cal vt θð Þ � vt θpeg
� �� �

where Ppeg is the known pressure value at the pegging point, “Cal” is calibration

factor of the sensor (bar/Volt), vt is the measured voltage and θpeg is the CA position

of pegging point. The voltage difference between the point of interest and the

pegging point is multiplied by the appropriate calibration factor and added to the

pegging pressure.

To obtain an average value in a noisy pressure signal, it is necessary to average

multiple points (10–15) to determine vt(θpeg), as shown below:
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vt θpeg
� � ¼ 1

w

Xk
z¼�k

vt θzð Þ where k ¼ w� 1

2

Typically, pressure pegging point is chosen as bottom dead centre (BDC) of

piston during intake stroke, which is considered to be equal to intake manifold

pressure. Incorrect pegging affects calculated parameters such as the heat release,

mass-fraction burned, charge temperature, etc. [1]. The signal from the pressure

transducer is required to be processed in order to obtain vital information about

engine combustion. Often in-cylinder pressure data processing consists of pegging

or referencing, phasing with crank angle, cycle averaging and filtering of experi-

mental pressure signals.

Cylinder Volume Calculations

Combustion chamber volume at any CA position is calculated purely from engine

geometry. When piston is at TDC, the volume of combustion chamber is equal to

the clearance volume. For any other CA position of piston, the volume of combus-

tion chamber is the sum of “clearance volume” and “cylindrical volume” with

diameter equal to engine bore and height equal to piston displacement (Fig. B1):

R

X(θ)

Vc

θ

L
φ

BFig. B1 Geometric

dimension nomenclature

of the engine
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V θð Þ ¼ Vc þ X θð Þ πB
2

4

Here Vc is clearance volume and B is bore diameter of the engine cylinder. X(θ)
is the instantaneous length of piston movement from the TDC position.

Displacement volume Vd and clearance volume Vc is calculated from bore and

stroke of the engine by the following equation:

Vd ¼ πB2S

4
and Vc ¼ πB2R

2 rc � 1ð Þ

Here S is the stroke of engine and S ¼ 2R, where R is the crank radius. rc is the
compression ratio of the engine.

Instantaneous length of movement of piston is calculated by the following

equation:

X θð Þ ¼ Rþ Lð Þ � R cos θð Þ þ L cos φð Þð Þ

Here L is the connecting rod length.

Hence, combustion chamber volume can be expressed as a function of CA

rotation by the following equation [3]:

VðθÞ ¼ vc þ πB2

4
ðLþ R� R cos θ �

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
L2 � R2sin2θ

p
Þ

Mean Gas Temperature Analysis

In the HCCI engine, combustion is occurring homogeneously in the entire com-

bustion chamber except in the proximity of walls. Therefore, assumption of uni-

form temperature inside the combustion chamber is close to actual temperature in

the HCCI combustion mode. Assuming a uniform temperature within the cylinder,

ideal gas equation is used to estimate the bulk average cylinder temperature of the

charge. The results of temperature calculation by this method are valid between

IVC (intake valve closing) and EVO (exhaust valve opening) position of engine

cycle. The mean gas temperature as a function of CA is given by the following

equation [3]:

T θð Þ ¼ P θð ÞV θð Þn θð Þ
PIVCVIVCnIVC

TIVC

Here P is in-cylinder pressure, V is volume of combustion chamber and T is

temperature of gases inside combustion chamber.
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Temperature of charge at IVC is an important parameter required for calculation

of temperature at any CA position during engine cycle.

Temperature at IVC (TIVC) is calculated as follows [4]:

TIVC ¼ 1

na þ nf þ nR
� �� PIVCVIVC

R

Here na is moles of air, nf is moles of fuel and nR is mole of residual gases in the

cylinder. R is the universal gas constant.

Pressure and volume at IVC can be easily calculated from measured pressure

and calculated volume by engine geometry. Moles of air and fuel are calculated as

ratio of measured quantity with their respective molecular weights. Moles of

residual gas are calculated by the following equation:

nR ¼ PEVCVEVC

TEVCR

While the pressure and volume are known at EVC, the temperature at EVC is not

known. The temperature is measured in the exhaust port; however, this measured

temperature represents a multicycle averaged exhaust temperature, and because of

heat transfer, it is lower than the in-cylinder temperature at EVC. However, it was

found that if the exhaust port temperature and pressure were used with the ideal gas

law instead of TEVC and PEVC, the estimated trapped gas fraction was very close to

that measured using the in-cylinder CO2 approach [4].

Instantaneous Work and Mean Effective Pressure Analysis

Work done during an engine cycle is calculated by using measured in-cylinder

pressure and calculated volume of combustion chamber for complete engine cycle.

Net work done during an engine cycle is calculated by the following equation [3]:

Wnet ¼ 2π

360

Z360
�360

P θð ÞdV
dθ

� �
dθ

The mechanical work transferred from the cylinder gases to the piston during

compression and expansion stroke is called indicated work. Indicated work is

calculated using the following equation:
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Wind ¼ 2π

360

Z180
�180

P θð ÞdV
dθ

� �
dθ

By definition, mean effective pressure is the ratio of work done per cycle and

volumetric displacement of the engine, and this has units of pressure. Mean

effective pressure (MEP) can be represented in terms of average pressure over a

cycle in the engine combustion chamber producing the same work. This parameter

is useful for comparing the performance of very different size engines. Net mean

effective pressure (NMEP) is calculated as follows:

NMEP ¼ Wnet

Vd

Indicated mean effective pressure (IMEP) is the ratio of indicated work and

displacement volume (Vd) as

IMEP ¼ Wind

Vd

Wnet ¼ Wind þWpump

Fuel MEP is defined as fuel energy supplied during engine cycle equivalent

mean effective pressure:

FuelMEP ¼ mfQLHV

Vd

Heat release (HR) MEP is the amount of fuel energy converted into heat and

defined as

QHRMEP ¼ QHR

Vd
¼

R
dQHR

Vd

Mass Burn Fraction Analysis

Mass burn fraction is calculated using Rassweiler and Withrow method, which is a

well-established method for estimating MFB [5]. It was calculate as
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Δpcð Þ ¼ pi � pi�1

Vi�1

Vi

� �γ

Here Δpc is the increase in-cylinder pressure due to combustion and γ is the

polytropic exponent; MFB can now be computed as

mb ið Þ
mb totalð Þ

¼

Pi
j¼0

Δ pcð Þj
PN
j¼0

Δ pcð Þj

Here it is assumed that sample 0 is between inlet valve closing and the start of

combustion and that sample N is after combustion has completed.

Ringing Intensity Analysis

Severe cylinder pressure oscillations can be detected in HCCI combustion engine in

some regimes of operation. These pressure oscillations are similar to knock in a

spark ignition engine (oscillation frequency is different), but due to the differences

between HCCI and SI combustion, these are termed as “ringing”. These pressure

oscillations generate a very large amount of noise in the engine structure. For

assessment of the combustion noise from HCCI engines, “ringing intensity” is

calculated using the following equation [6]:

RI ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
γRTmax

p
2γPmax

β
dP

dt

� �
max

	 
2

where (dP/dt)max is the maximum pressure rise rate, Pmax is the peak in-cylinder

pressure and Tmax is the maximum of mass averaged in-cylinder temperature

(calculated using ideal gas law). γ is the ratio of specific heats (Cp/Cv) and R is

the gas constant. β is a tuning parameter, which relates the amplitude of pressure

pulsations to the maximum pressure rise rate, and it has typical value of 0.05.

Other method used to define knocking boundary for HCCI combustion is by

using the pressure rise rate (PRR). Excessive PRR leads to not only noisy operation

but also structural damage to the engine. The pressure rise rate is typically calcu-

lated using the fourth-order central difference method from measured digital

cylinder pressure data by the following equation:

dP

dθ
¼ �P θ þ 2hð Þ þ 8P θ þ hð Þ � 8P θ � hð Þ þ P θ � 2hð Þ

12h
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Engine Efficiency Analysis

Gross indicated thermal efficiency (ηi,g) is defined as the ratio between the work on

the piston during the compression and expansion stroke (Wind,g) to the input fuel

energy [7]:

ηi,g ¼
Wind,g

mf qLHV

Here mf is fuel mass injected per cycle and qLHV is the lower heating value of the

fuel.

Gas exchange efficiency ηge: Gas exchange efficiency is defined as the ratio of the

indicated work during the complete cycle and the closed part of the cycle. Gas

exchange efficiency can be calculated as

ηge ¼
IMEPn

IMEPg

Combustion efficiency (ηcom) is typically calculated from the following equation

[8]:

ηc ¼ 1�
P

ixiQHVi

_m f =
�
_m a þ _m f

�� �
QHVf

where xi are the mass fractions of CO, H2, HC and particulates, respectively. QHV

are the lower heating values of these species, and the subscripts “f” and “a” denote
fuel and air.

The combustion efficiency can also be estimated from the calculated rate of heat

release data by following equations [9]:

ηcom ¼
P

ROHR

Qin

� 100

Here ∑ROHR is the integrated value of heat release rate; Qin is total heat content

of the introduced fuel.

Heat Release Rate Analysis

Heat release analysis is a very useful method to characterize combustion in internal

combustion engines. The first law of thermodynamics is implemented to combus-

tion chamber gases, and cylinder is considered as a closed system for the combus-

tion event as shown in Fig. B2. In order to implement the equation, engine
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combustion chamber is considered as a single zone, where no temperature gradient

exists and the reactants and products are completely mixed. The reactants and

products are assumed to have the same properties.

The chemical heat released from combustion in the cylinder can be written by

the following equation [10]:

∂Q ¼ ∂U þ ∂W þ ∂Qw þ ∂QCrevice

Here ∂U is the change in internal energy, ∂Qw is the instantaneous heat transfer

to the cylinder walls, ∂W is the work on the piston and ∂QCrevice is mass flow across

the system boundary.

The work on the piston can also be written in terms of pressure and volume

change by equation:

∂W ¼ PdV

The internal energy depends mainly on temperature and is defined in terms of

mass, specific heat and temperature as U ¼ mCvT. Changes in internal energy are

given by

∂U ¼ dmCvdT þ mCvdT

If loss of mass to the crankcase (blow-by) is considered to be small, then dm¼ 0

and change in internal energy is given as

∂U ¼ mCvdT

By assuming that combustion chamber gases follow ideal gas law (PV ¼ mRT),
changes in temperature can be calculated by following equations:

∂T ¼ dPV þ PdV

mR

By substituting the values of change in work and internal energy in heat release

equation, the equation can be rewritten as

∂QCrevice
∂U

∂Qw

∂W

∂Q∂Q∂Q ∂Q

Piston

Fig. B2 Energy balance for

engine combustion chamber

with chemical heat release
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∂Q ¼ 1þ Cv

R

� �
PdV þ Cv

R
dPV þ ∂Qw þ ∂QCrevice

Since gases are assumed as ideal gas, then Cp + Cv ¼ R, and γ ¼ Cp/Cv.

Substituting the values of γ, the final heat release equation is written as

∂Q
∂θ

¼ γ

γ � 1
p
dV

dθ
þ 1

γ � 1
V
∂p
∂θ

þ ∂Qw

∂θ
þ ∂QCrevice

∂θ

The ratio of specific heat can be calculated by the following equation [11]:

γ ¼ γ0 �
k

100

T

1000

γ0 is the γ value at some reference temperature, usually 300 Kelvin. γ0 is dependent
on the gas composition. For atmospheric air, γ0 is 1.4 and for lean air–fuel mixtures

1.38 is a usable value. The constant k is usually set at 8.

Rate of heat loss through the combustion chamber walls is calculated using the

following equation:

∂Qw

∂θ
¼ h T � Twð ÞA

360N
J=CAD½ �

Here h is heat transfer coefficient, Tw is the average cylinder wall temperature,

A is the actual cylinder wall area and N is the engine speed. It is normally assumed

that Tw is constant over the entire cycle. h, T and A are functions of crank angle

position.

Heat transfer coefficient can be calculated by Hohenberg model given by the

following equation [12]:

h ¼ αs V
�0:06P0:8 T�0:4 Sp þ 1:4

� �0:8
Here Sp is the mean piston speed; αs is scaling factor; and P, V and T are pressure,

volume and temperature of combustion chamber, respectively.

Another correlation is typically used for calculation of heat transfer coefficient

by Woschini analysis [13] and given by the following equation:

h ¼ 131� Boreð Þ�0:2 � P0:8 � T�0:55W0:8

where

w ¼ C1 � 2:28� Sp þ C2 � 3:24� 10�3� Vd

VIVC

� Pfir � Pmot

PIVC

� �
� TIVC

where Sp is the mean piston speed and C1 and C2 are constants.
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Typically, heat loss through the crevices is assumed to be small and neglected.

The combustion phasing corresponding to 10%, 50% and 90% heat release is

calculated from cumulative heat release curve calculated by integrating heat release

rate curve. Typically crank angle position corresponding to 10% heat release

(CA10) is considered as start of combustion (SOC). The difference in crank angle

position between 90% and 10% heat release (CA90-10) is defined as combustion

duration. Ignition position is important in HCCI combustion as there is no direct

control on ignition timings. Ignition timings are estimated by different methods in

various studies. A study used one crank angle before the 1% heat release position as

ignition timing in HCCI engine [10]. Sometimes crank angle position

corresponding to 1% heat release is also used as ignition position in HCCI com-

bustion. Another study used the threshold value of third derivative of pressure to

calculate ignition timings [14] as shown by equation

d3P

dθ3
id

3P

dθ3

����
lim

where d3P
dθ3

jlim ¼ 25 kPa
CAD3

� 
is selected for the study.

A threshold value of 0.2 J/CAD of heat release rate is also used for calculation

ignition timing and corresponding ignition pressure and temperature in HCCI

engine [15]. This study also used 1% burnt fraction to calculate ignition tempera-

ture, and both strategies have similar trend with different data values. Another study

used the crank angle position where heat release rate becomes positive as a start of

LTHR position in partially premixed combustion strategy [16].

Combustion Variability Quantification Analysis

The most common method to quantify cycle-to-cycle variability includes statistical

methods such as standard deviation and coefficient of variation (COV) of IMEP.

Standard deviation of IMEP quantifies how widely IMEP values are dispersed from

the mean and calculated by the following equations:

STD of IMEP ðσIMEPÞ ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1

N � 1

XN
i¼1

ðIMEPi � IMEPÞ2
vuut

Here IMEP ¼
XN
i¼1

IMEPi

N
; i is the sample of interest and N is the number of the

samples.
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COV of IMEP can be calculated using the following equations:

COV of IMEP ¼ σIMEP

IMEP
� 100

In general, COV of any combustion parameter can be calculated using following

equation:

COV xð Þ ¼ σ

�x
� 100%

Here �x ¼
Xn
i¼1

xi=n and standard deviation (σ) σ ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiXn
i¼1

�
xi � �x

�2
= n� 1ð Þ

s
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Index

A
Active radical combustion (ARC), 40

Active thermo-atmospheric combustion

(ATAC), 39

Additives, 218–224

Air–fuel mixture, 175, 176, 185

Alkylperoxy radicals (RO2), 90

Auto-ignition, 20, 40, 42–44, 47, 49, 50,

238, 277

Automotive fuels, 18–22

B
Boosting, 213

Brake specific fuel consumption (BSFC),

387, 388

Brake thermal efficiency, 374

C
Carbon monoxide (CO) emissions

combustion phasing, 416, 420

CO-to-CO2 reactions, 415

engine operating conditions, 416, 421

equivalence ratio function, 417

fuel composition, 421

higher horizontal inclination, 418

inhomogeneities, 416

internal combustion engines, 414

methanol and gasoline premixing ratio, 421

multiple injection timings effect, 423

OH radical concentration, 416

RCCI combustion, 422

retarded combustion phasing, 424

richer fuel–air mixture and advanced

combustion phasing, 415

CA50 variations, 270, 272

Cetane number (CN), 20, 257

Chlorofluorocarbons (CFCs), 4

Closed-loop control development, 517

Close valve injection (CVI), 170

Coefficient of variation (COV), 118

Combustion

cyclic variations, 320–348

duration, 259, 264, 266, 269, 272, 277

economy improvement, 2

efficiency, 277–288

EGR, 313–315

emissions, 2

engines, 2

environmental concerns, 3, 4

extension, duration, 306

IC engines, 2

instability, 320–348

intake boost, 313–315

knocking process, 298, 300, 301, 303

noise, 288–320

phasing, 259, 264, 266, 269, 272, 277

regulatory measurement, 4–6

sensing, 347, 348

thermal and fuel, 306–313

Combustion control

boosting, 213

thermal management, 198–203

water injection, 212, 213

Combustion noise level (CNL), 299,

316, 319

Combustion phasing (CA50), 260, 263
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Compression ignition (CI) engines, 11, 14, 15,

17, 31, 512, 514, 515, 517

Compression-ignited homogeneous charge

(CIHC), 25

Continuously regenerating trap (CRT), 17

Controlled auto-ignition (CAI), 40

Conventional diesel combustion (CDC),

92, 285

Conventional engine, 8–17

Count mean diameter (CMD), 453

Crank angle (CA) position, 238, 259

Crank angle degree (CAD), 238

Cyclic variability

combustion modes, 325–335

operating parameters, 325–335

source, 321–325

Cyclic variations, 360

Cylinder-to-cylinder coupling, 204

D
Diesel-like fuels, 174–175

Diesel particulate filter (DPF), 17

Diethyl ether (DEE), 21

Dimethyl ether (DME), 21

Direct injection (DI), 87, 88, 95, 106, 112, 114,

116, 117, 269

Direct injection dual-fuel stratification (DDFS)

strategy, 386

Double direct fuelling strategy (D-DI), 380

Dual fuel, 187–192, 217, 218

Dual fuel stratification (DDFS) strategy, 36,

114–117, 192, 512

E
Early DI PFS (E-DI PFS), 177

End of injection (EOI), 171

Engine, 6–8

Engine efficiency

autoignition reaction rate, 380

brake thermal, 374

charge preparation strategy, 379

combustion engine process, 374

compression ratio, HCCI, 375

DDFS strategy, 386

D-DI, 380

defined, 373

dual-fuel RCCI engine, 383

energy distribution process, 385

gross indicated thermal, 377

losses during, 382

LTC engine, 375

MPRR limit, 384

optimum combustion phasing, 375

PPC, 381

std PFS/E-DI, 377

thermodynamic, 373, 375

Equivalence ratio, 170, 177, 179, 189

Ethanol, 230, 232, 235, 239, 249, 260, 261,

273, 278, 279, 283, 284, 290

Ethanol-fuelled HCCI combustion, 283

Exhaust after-treatment development, 516

Exhaust gas recirculation (EGR), 67, 69, 71,

72, 74, 203, 204, 207, 208, 234, 400,

410–413, 421, 427, 453, 454, 512

Exhaust gas temperature

engine input parameters, 391

engine load and speed, 393

factors, 392

HC and CO emissions, 388

HCCI variations, 389, 390

higher initial intake air temperature, 390

higher injected fuel energy content, 389

higher octane fuel, 391

lower heat loss, 390

Exhaust valve closing (EVC), 204

External charge preparation

gasoline-like fuels, 168–174

HCCI combustion engine, 167

LTC modes, 168

External EGR (EEGR), 322

F
Fast thermal management (FTM), 198

Filter smoke number (FSN), 360

Fischer–Tropsch (FT) diesel, 21

Fuel, 6–8

Fuel–air equivalence ratio, 180, 216

Fuel cell (FC), 23

Fuel cell vehicles (FCV), 23

G
Gasoline, 231, 238, 249, 253, 255, 260, 263,

267, 272, 281, 284, 290, 305, 309,

313, 329

Gasoline compression ignition (GCI), 193

Gasoline direct injection (GDI) engines, 24, 97,

98, 101

Gasoline-like fuels, 168–181

Gasoline-type direct injector (GDI), 168

Global economy, 2

Greenhouse gas (GHG), 6

Gross indicated efficiency (GIE), 324
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H
HCCI combustion engine

BDC and TDC, 172

combustion engine, 169

fuel–air mixture, 167

gasoline-like fuels, 168

premixed charge preparation, 168

HCCI combustion, single direct injection

(HCCI-DI), 193

Heat exchanger, 200

Heat release, 40–50, 56, 58, 59, 65, 80, 89, 92,

98, 104, 114, 117

Heat release rate (HRR), 13, 54, 58, 62, 63, 66,

68, 78, 80, 82–84, 89, 90, 101, 103,

109, 115, 116, 177, 238

concentration gradient, 309

estimation, 239–247

LTC engines, 247–259

stratification, 308

volumetric, 303

Heavy fuel stratification (HFS), 175, 512

High temperature heat release (HTHR)

reactions, 41, 513

Highly premixed late injection (HPLI), 87, 183

Homogeneous charge compression ignition

(HCCI), 512

advantages, 51–54

auto-ignition, 37, 40–50

BMEP function, 376

and challenges, 51–54

combustion

CA10 and CA50 phasing, 56

duration, 54

EGR, 67, 69, 71, 72, 74

engine speed, 64, 66, 67

equivalence ratio, 54

firing schemes, 56

fuel properties, 58–62

in-cylinder pressure, 55

inhomogeneities, 74–80

intake pressure and temperature, 62–64

combustion-generated pressure waves and

audible noise, 358

combustion phasing, 361

compression ignition, 37

cylinder pressure-based metrics, 359

cylinder pressure and IMEP variations, 359

engine operating conditions, 358

FSN, 360

gasoline, 365

gross indicated thermal efficiency, 378

heat release, 40–50

high heat release characteristics, 358

high load operation, 361

knock, 290–298

operating mode, 37

peak pressure rise rate, 359

pressure oscillation amplitude, 358

RI and cyclic variability limits, 364

soot emission limits, 360

strategies, 365

unburned HC and CO emissions, 360

WM combustion, 367

Homogeneous charge intelligent multiple

injection combustion (HiMICS),

88, 182

Homogeneous charge late injection

(HCLI), 183

Hybrid electric vehicles (HEVs), 23, 52

Hydrocarbon (HC) emissions, 3, 170, 464, 466,

467, 469, 470

I
Ignition

chemical kinetics, 229–234

delay, 234–239

temperature, 234–239

Ignition delay (ID), 252

In-cylinder fuel stratification, 216, 217

In-cylinder injection strategies, 214, 215

Indicated mean effective pressure (IMEP),

24, 247

combustion phasing, 363, 364

COV, 360

cylinder pressure, 359

engine load/power output, 363

Indicated specific fuel consumption (ISFC),

387, 388

Indirect diesel injection (IDI), 27

Inhomogeneities, 74, 77–79

Inlet valve closing (IVC) timings, 430

Inlet valve opening (IVO) timings, 169,

430, 450

Intake valve closing (IVC) timings, 198, 324

Intake valve open (IVO) timings, 204

Intermediate temperature heat release (ITHR)

reactions, 41, 361

Internal charge preparation

engine cylinder, 175

gasoline-like fuels, 175–181

strategy, 175

Internal combustion engines (ICE), 23, 31
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K
Ketohydroperoxide (KPH) species, 90, 92

Knock intensity (KI), 298

Knock onset (KO), 298

L
Low temperature (LT), 234

Low temperature combustion (LTC) engines,

8, 20, 26, 207, 213, 216, 229, 234,

247, 249, 252, 253, 256, 259, 277,

321, 325

air handling system, 515

ambient gas oxygen concentration, 33

autoignition chemistry, 512

challenges, 511

closed-loop control development, 517

CO and HC emissions

cold start and transient operation

control, 516

combustion phasing and engine load, 514

combustion strategies, 34, 35

DDFS strategy, 512

engine types, 31

exhaust after-treatment development, 516

exothermic reactions, 38

flame lift-off length, 32

flame propagation, 39

four-stroke cycle, 39

fuel–air mixture, 36

gasoline direct injection categories, 512

gasoline-like fuels, 40

HCCI combustion control variables, 514

hemiluminescence imaging, 37

in IC engines, 35

engine types, 31

in-cylinder emission, 32

inhomogeneities, 37

load range extension, 515

mode switching and LTC engines, 517

NOx-soot formation, 34

oxidation catalyst, 514

particle emission characterization, 516

petroleum-derived liquid fuels, 511

PM emissions, 34

premixed charge optimization, 512, 515

quasi-stationary diesel spray, 32

soot formation, 32

Low temperature gasoline combustion

(LTGC), 213

Low temperature gasoline compression

ignition (LTGCI) engines, 175

Low temperature heat release (LTHR) process,

41, 217, 230, 513

Low temperature reaction (LTR), 101, 252

M

Mass mean diameter (MMD), 453

Maximum pressure rise rate (MPRR), 299

Methanol/diesel (M/D) RCCI combustion, 272

Misfire

defined, 359, 364

partial burn determination, 359

Moderate fuel stratification (MFS), 175, 512

Modulated kinetics (MK), 87

Mono-aromatic hydrocarbons (MAHs), 474

Multiple stage diesel combustion (MULDIC),

88, 182

N
Narrow angle direct injection (NADI), 88, 183

Negative temperature coefficient (NTC),

41, 234

Negative valve overlap (NVO), 198, 202

Nitrogen oxide emissions

air–fuel ratio and EGR effect, 401

automotive engines, 398

characteristics, 403–415

engine combustion process, 398

flow reactor experiments, 402

hydrocarbon–air and for hydrocarbon–air

diffusion flames, 399

in-cylinder history, 403

mechanisms, formation rate, 399

NO removal rate, 398

peroxy radical (RO2), 401

prompt NO formation mechanism, 399, 400

reaction pathways, 398

ultralow NOx emission characteristics, 397

Normal distribution analysis, 338–340

NOx storage reduction (NSR), 17

O
Octane number (ON), 20, 238

Open valve injection (OVI), 170, 171

Operating range

automotive vehicles operate, 357

BSFC and ISFC, 387, 388

combustion instability limits, 359, 360

combustion phasing effect, 363

COVIMEP limit, 367

emission limits, 360, 361

engine efficiency, 373–386

engine load/power output, 363

excessive reactivity limits, 361, 362

intake boost pressure, 368

leaner air–fuel mixture operation, 357

maximum cylinder pressure limit, 361

(O/C) ratio calculation, 363
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oxygen availability limits, 362–363

PFS strategy, 369

PPC strategy, 370, 371

RCCI engine operation, 372

RI and cyclic variability limits, 364

ringing and combustion noise limits,

358, 359

strategies, 365

Optimized kinetic process (OKP), 25

Oxygenated unburned hydrocarbon (OHC)

species, 470, 473

Ozone depletion, 4, 223

P
Partial fuel stratification (PFS) strategy, 175,

250, 369, 512

Partially premixed combustion (PPC) strategy,

26, 36, 178, 252, 271, 284, 309, 335,

360, 370, 371, 381–383, 386, 406,

409, 420, 421, 424, 432, 442, 444,

453, 456, 512–517

Partially premixed compression ignition

(PPCI), 26

diesel, 87–94

gasoline, 95–101

HCCI engines, 86

ignition dwell, 87

LTC strategies, 86

SACI and SCCI modes, 86

Particle emission characterization, 516

Particle number

automotive engines, 438

and size distribution, 447–464

soot particles, 441

Particulate matter (PM) emissions, 5

automotive engines, 438

diesel exhaust particles, 438

in LTC engines, 441–447

nucleation, condensation and adsorption

process, 438

particle number and size distribution,

447–464

soot formation and composition, 438–441

Planar laser-induced fluorescence (PLIF), 37

Polycyclic aromatic hydrocarbons (PAHs), 4,

474

Port fuel injection (PFI) strategy, 37, 168,

268, 430

Positive valve overlap (PVO), 204

Powertrain, 23, 24

Premixed charge compression ignition (PCCI),

25, 430

Premixed charge optimization, 515

Premixed compression ignition (PCI), 183

Premixed lean diesel combustion (PREDIC),

25, 88, 182

Pressure rise rate (PRR), 242, 247, 288–320

controlling, 303–315

MPRR, 299

R
Reactivity-controlled compression ignition

(RCCI), 26, 36, 253, 256, 257, 272,

286, 309, 313, 360, 371–373,

383–386, 388, 393, 512

combustion process, 103

comparative investigation, 118

direct injection, 114–117

dual fuel stratification, 101, 103, 114–117

engine management, 111–113

ensemble-averaged PRF, 106, 107

equivalence ratio, 109

fuel management, 110, 111

fuel stratification, 216

and GCI strategy, 119

global reactivity, 107

HCCI combustion, 103

HD engine, 117

high-speed movie sequence, 105

ignition delay sensitivity, 105

in-cylinder temperature, 117

over-stratified charge, 104

sensitivity, 121

temperature stratification, 108

thermal and fuel stratification, 103

Ф-T map, 120

Research octane number (RON), 101

Return maps, 335–338

Ringing intensity (RI), 288, 358, 513

S
Sauter mean diameter (SMD), 169

Savitzky–Golay filter, 243

Selective catalytic reduction (SCR), 17

Single direct injection (S-DI), 252

Single fuel direct injection, 187–192

Soot emissions

formation and composition, 438–441

in LTC engines, 441–447

Spark-assisted compression ignition (SACI),

26, 80, 82, 83, 85

Spark ignition (SI) engines, 8–11, 31,

512–514, 517
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Spray, 170, 171, 178

Start of combustion (SOC), 181, 253

Start of injection (SOI), 104, 250

Stratification, 306–313

Stratified charge compression ignition

(SCCI), 36

Stratified charge spark ignition (SCSI)

combustion process, 24

Symbol sequence statistics, 341–344

T
Thermally stratified compression ignition

(TSCI), 36, 85, 86, 213

Thermal stratification, 53

Thermodynamic efficiency, 374

Three-way catalytic converter (TWC), 32

Top dead centre (TDC), 8, 241

Toyota-Soken (TS) engine, 25

U
Unburned hydrocarbon emissions

combustion phasing, 425

conversion efficiency, catalyst, 435

crevice volume, 424

description, 424

engine operation methodology, 435

engine speeds, 429

HC emission sources, 424

PCCI, 430–432

PFI strategy, 430

piston top land crevices, 427

premixed charge preparation, 430

RCCI combustion mode, 432

SOI-2, 435

THC formation, 427

Uniform bulky combustion system (UNIBUS),

88, 183

Unregulated emissions

hydrocarbon (HC) emissions, 464, 466,

467, 469, 470

OHC species, 470, 473

PAHs, 474

V
Variable compression ratio (VCR), 40,

211, 513

Variable valve actuation (VVA), 208, 210

Variable valve timings (VVT), 40, 208, 513

W
Wavelet analysis, 340, 341

Wavelet power spectra (WPS), 340

Z
Zero phase filter, 243
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