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Preface

The purpose of the monograph “Advances in Hydraulic and Pneumatic Drives and
Control 2020” was to present state-of-the-art research and development works in
the fields of hydraulics and pneumatics carried out in various scientific and research
centers. Scientific articles published in this monograph were selected from a large
number of submitted papers for “The International Scientific and Technical
Conference NSHP 2020” which is organized cyclically in Poland by the Polish
Association of Engineers and Technicians SIMP Wrocław and the Faculty of
Mechanical Engineering of Wrocław University of Science and Technology.
Authors presented in the articles their work carried out in many European countries
such as Austria, Czech Republic, Poland, Romania, Serbia, Ukraine, and also in the
USA. The works reflect the current development trends prevailing in hydraulics and
pneumatics. The academy’s and industry’s pursuit of scientific, yet technical, work
is evident. There is also a tendency to widely use computer tools in both theoretical
and experimental works. The monograph shows a number of technical solutions
that may interest both specialists in the fields of hydraulics and pneumatics as well
as a wider group of mechanical engineers. All articles were reviewed by an inter-
national group of reviewers who are well-known and respected specialists.

The editors of the monograph would like to thank the authors for their effort in
writing the articles, the reviewers for insightful, substantive, and courteous reviews,
and the Springer Publishing House for fruitful cooperation.

Jarosław Stryczek
Urszula Warzyńska
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Research on Flow Forces in the USAB10 Control
Valve Using a CFD Method

Grzegorz Filo(B) and Edward Lisowski

Faculty of Mechanical Engineering, Cracow University of Technology, Jana Pawla II 37,
Cracow, Poland

{filo,lisowski}@mech.pk.edu.pl

Abstract. Proportional control valves are characterized by smooth opening of
flow channels by means of the spool control. At the initial stage of opening, the
flow gap is of a small cross-section which then gradually expands. This enables
smoother start-up of a device as well as more precise control of the working
motion compared to conventional control valves. Among the electromagnetically
controlled proportional control valves, some complex solutions equipped with
spool displacement transducers, compensating valves, advanced electronics, etc.
can be distinguished. This allows compensation for the harmful effects of flow-
related forces.

The article presents the results of flow tests through the USAB10 proportional
control valve, designed and manufactured by PONAR Wadowice. The valve can
be both used as a single unit or included in the sectional block which supplies
multiple actuators. There are many points of fluid flow direction change as well
as cross-sectional area change inside the valve block. This leads to the occur-
rence of forces associated with the flow which are difficult to determine using
standard mathematical formulas. Hence, the research process included building
of geometrical models, next preparation of discrete models and then carrying out
simulation tests using CFD methods. The tests were conducted in Ansys/Fluent
environment which allowed velocity distribution, pressure distribution and values
of forces acting on the valve spool to be obtained.

Keywords: 3D modelling · Proportional directional control valve · Flow forces ·
CFD analysis

1 Introduction

Proportional directional spool valves with electromagnetic control allow the machine or
device to be started softly and smoothly. This is possible due to the longitudinal slots in
the spoolwhich enable throttling of theflow.The subject ofmodeling and testing the char-
acteristics of this type of valves is taken up in numerous scientific research centers. The
aim of the studies is usually to improve valve dynamic characteristics or increase control
capabilities. Zhang [1] proposed a novel control valve design that employs two inde-
pendent spools instead of the traditional single-spool solution. Due to the new structure,

© The Editor(s) (if applicable) and The Author(s), under exclusive license
to Springer Nature Switzerland AG 2021
J. Stryczek and U. Warzyńska (Eds.): NSHP 2020, LNME, pp. 3–14, 2021.
https://doi.org/10.1007/978-3-030-59509-8_1
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the influence of dead zone and damping on the valve performance was lightened, while
the dynamic characteristics and control accuracy was significantly improved. Results
of a directional 4/3 control valve analysis carried out by means of a Direct Numerical
Simulation (DNS) method instead of a commonly used RANS technique was proposed
by Posa [2]. The used method provides important details on the instantaneous structures
of the flow, affecting the valve performance. Posa studied the discharge coefficient and
flow forces for different valve openings and pressure drops in the 2D domain. The results
of simulations showed that the axial force acting on the spool, which has the greatest
impact on valve characteristics, is roughly proportional to the pressure drop and to the
valve opening. In addition, Posa showed that for small openings and pressure drops the
flow is steady and attached to the wall of the outflow chamber, while in the opposite case
the flow is strongly unsteady and organized like a free jet. A series of studies on forces
acting on the spool of a control valve was also conducted by Amirante. The research
concerned, among others, the effect of flow forces and covered various types of valves,
including a 4/3 hydraulic open center directional control valve [3] and a direct (single
stage) proportional valve [4]. The conducted numerical analysis provided important fluid
dynamic indications about the efflux angle values and the flow rate distribution inside
the valve, in particular during the first opening phase. Amirante proposed geometrical
modification of the valve spool in the form of a cylindrical hole created on the top of
the hemi-spherical notch to improve fluid metering at small valve openings. Then he
provided experimental validation of the proposed methodology for the design of the
spool surfaces [5]. The influence of shape and number of spool notches on the discharge
characteristics of a hydraulic distributor metering edge, including discharge coefficient,
velocity coefficient and flow angle by means of theoretical and experimental studies
was studied by Borghi [6]. Similarly, Simic [7] proposed optimization of both spool and
housing geometry in a small hydraulic seat valve to enable the reduction of the axial
flow forces to a minimum value, while Ye [8] carried out research aimed at clarification
of the groove shape effect on flow characteristics by means of CFD method.

The issue addressed in this article is pressure compensation in the proportional
spool control valve without the use of any additional correction valves, sensors nor
feedback loops. This work is a continuation of previous research that concerned pressure
compensation in a multi-section proportional directional control valve [9]. It is also
based on the results of 3D CFD analysis of flow forces acting on the spool of a solenoid-
operated directional control valve [10], results of flow force analysis in the initial phase of
throttle gap opening of a proportional control valve [11] as well as determination of flow
coefficient of a proportional directional valve with integrated spool position controller
[12]. In general, compensation of the pressure effect requires modification of the system
of forces acting on the valve spool. The sum of forces includes electromagnetic force,
spring force, viscous friction force and flow forces. The main purpose of the work was to
modify the valve parameters in such a way that the flow characteristics were maximally
independent of pressure. This allows the operator to use an excessive pump capacity to
supply other actuators that have different pressure. The assumed goal was achieved by
modification of the spool geometry. The study was carried out using the CFD method
on a three-dimensional model of the valve fluid. During the analyzes, values of flow
coefficients, jet angles in the gaps and axial component of flow force acting on the spool
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were determined. The object of study was USAB10 proportional control valve designed
by PONAR Wadowice.

2 Working Principle of the Studied Control Valve

The object of the analysis is USAB10 control valve designed for maximum flow rate Q
= 80 dm3/min and pressure p = 35 MPa. The valve is controlled by two electromagnets
and return springs. Its characteristic feature is the ability to connect in sections if there is
a need to supply multiple actuators from a single pump. Geometrical model of the valve
is presented in Fig. 1. There is one supply connector P and two return connectors T1,
T2 on the side wall of the valve block. In the neutral position, the flow through the valve
is cut off. Switching on the power supply of one of the solenoids results in opening the
flow in the P – A and B – T or P – B and A – T directions.

Fig. 1. Control valve geometrical model, P – supply port, A, B – flow channel ports, T1, T2
– return ports.

Figure 2 shows longitudinal section of the valve model. The main component is
valve body (1) with a spool chamber and transversely hollowed P, A, B, T1, T2 flow
channels. There is a spool (2), two thrust sleeves (3) and two springs (4) inside the
chamber. Two control blocks which are attached on both sides contain solenoids (5) and
power connectors (6).

Fig. 2. Longitudinal section of the valve; P, A, B, T1, T2 – flow channels, 1 – valve block, 2
– spool, 3 – thrust sleeve, 4 – spring, 5 – electromagnet, 6 – power connector.
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The proposed design solution of the spool is shown in Fig. 3. The spool has cutouts
in which a flow gap is created by removing material in a direction perpendicular to the
longitudinal axis. The cutouts are relatively deep in order to create flow conditions as
close as possible to the normal direction of the spool axis. There are four cutouts arranged
symmetrically on the circumference of each control edge. The overlap of the spool is
xp0 = 0.4 mm, while the cutout length is 3.6 mm. The cutouts on two control edges have
been additionally extended by small arc-shaped undercuts on a 0.2 mm stroke, which
provide a small flow before the main gap is opened, while the overlap is reduced to xp =
0.2 mm. Function of the gap area against the spool position (Fig. 4) can be approximated
using the second-degree polynomial (Eq. 1).

Fig. 3. Valve spool model; e1, …, e4 – control edges, 1 – base cutout, 2 – cutout with additional
undercut.

Fig. 4. Gap area against spool position; 1 – base cutout, 2 – cutout with additional undercut.

The approximated function of the cross-sectional gap area against the spool position
for the cutout with additional undercut has the following form:

As(xs) =
{
0, for xs ≤ xp
a1 · (

xs − xp
) + a2 · (

xs − xp
)2

, for xs > xp

where : a1 = 0.6868, a2 = 1.2015, xp = 0.2.

(1)
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3 Flow Channel Models and CFD Analysis

For the purpose ofCFDanalysis, a number of geometricmodels of the fluid flowchannels
were built to match different spool positions. This was done on the basis of 3D geometric
models of the valve body and the spool.

3.1 Models of Flow Channels

Geometric models of the fluid flow paths were generated in the CREO Parametric pro-
gram for the each considered spool position using the Boolean operations. Due to the
fact that the P–A and B–T flow channels have the identical geometry as P–B and A–T,
only P–A and B–T were selected for analysis (Fig. 5). Since the individual channels are
geometrically separable, the analysis of each channel can be carried out independently
of the other one.

Fig. 5. Geometrical models of P – A and B – T flow channels.

The FEM mesh and flow models were made using the ANSYS/Fluent program.
Figure 6 shows discrete models of flow channels generated for the following spool gap
width: xg = xs – xp = 0.8 mm.

Fig. 6. Discrete models of P–A and B–T flow channels.

Some advanced mesh-generating functions, as a local mesh refinement, were used
to make the models. The presented P–A and B–T models contain over 350 000 cells and
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over 120 000 nodes each. In the same way, FEM models for the following gap widths
were made: xg = 0.4 mm, 0.8 mm, 1.2 mm, 1.6 mm, 2.0 mm, 2.4 mm and 3.5 mm.
The pressure-velocity coupling was performed using the Pressure based solver. The
convergence criterion of the absolute value of residuals of mass and momentum equal to
10−3 was adopted. The grid was created according to general Fluent recommendations
and the following quality criteria were achieved: orthogonal quality with minimal value
0.74, skewness 0.51 and maximum aspect ratio 5.97.

3.2 CFD Model Parameters

In the first step of the CFD model creation the flow kind was determined. Based on the
geometry of flow channels, fluid viscosity and the flow rate range, the Reynolds number
varies from Re = 103 to Re = 6 · 103. Hence, the turbulent pattern was assumed to
simulate the flow. ANSYS/Fluent provides multiple turbulence models [13], including
Standard, RNG and Realizable k − ε, Standard and SST k − ω, and others. In the case
of flow through a spool valve, the k − ε model works well enough [8–11], hence it was
adopted for the simulation studies. Kinetic energy of the turbulence k and dissipation
factor ε were computed on the basis of the transport equations, which can be found e.g.
in [9], using the Intensity and Length scale options (Eq. 2) and (Eq. 3), respectively.

I = 0.16 · (Re)−1/8, (2)

� = 0.07 · DH , (3)

where DH is the relevant hydraulic diameter. The turbulent viscosity μt was calculated
using the k and ε values (Eq. 4), while the other model parameters were assigned default
values: C1ε = 1.44, C2ε = 1.92, Cμ = 0.09, sk = 1.0, sε = 1.3.

μt = ρ · Cμ · k2 · ε−1. (4)

The following conditions were defined: fluid velocity at the inlet and pressure at
the outlet. The velocity magnitude was defined in the Boundary Conditions/Velocity
Specification Method option as normal to the boundary. The outlet pressure was defined
using the Outlet condition as a Gauge Pressure of value 0.1 MPa. The force acting
on the spool along its axis was introduced as Fx parameter using the Calculators and
Expressions command of the Results module.

3.3 Flow Equations

Volumetric flow rate through the valve gap Qg can be determined from the equation:

Qg = μ · Ag
(
xg

) ·
√
2 · �p · ρ−1. (5)

Hence the average fluid velocity:

vg = Qg

Ag
= μ ·

√
2 · �p · ρ−1. (6)



Research on Flow Forces in the USAB10 Control Valve 9

Figure 7 and Fig. 8 show flow characteristics determined from the CFD analysis of
the P–A and B–T channels, respectively. As it arises from the drawings, similar values
of pressure loss were obtained, which results from identical cross-sectional area of the
throttling gaps. Slight divergence is due to the differences in geometry of the inflow
and outflow channels. The average flow coefficient for both channels μ = 0.75 was
determined on the basis of the obtained characteristics.

Fig. 7. Flow characteristics of the P–A channel based on CFD results.

Fig. 8. Flow characteristics of the B–T channel based on CFD results.

The valve spool equation of motion has the following form:

ms
d2xs
dt2

+ Fts + Fss + Fds = Fel . (7)

Viscous friction force Fts and spring force Fss can be defined as:

Fts = ϕs · dxs
dt

, Fss = cs · xs + Fss0, (8)

where ϕs – viscous friction coefficient, cs – spring stiffness and Fss0 – spring tension.
The electromagnet force Fel is proportional to the control signal Iel :

Fel = kel · Iel, (9)
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Vector equation of flow forces Fds can be formulated basing on the momentum
conservation equation [13]:

Fds = d(mv)
dt

= dm

dt
· (v2 − v1) = ρ · Qg · (v2 − v1), (10)

where ρ – fluid density, v1, v2 – fluid velocity vectors at input and output. Since the radial
component of the flow force acts mainly on the channel walls and is compensated to a
large extent by means of the symmetry, the axial component has the greatest influence
on the spool displacement. Thus, (Eq. 9) takes the following form:

Fds = ρ · Qg · (v2 · cos(α2) − v1 · cos(α1)). (11)

After substituting v2 by vg (Eq. 6) and assuming α1 = π
2 , Eq. 11 has the form:

Fds = ρ · Qg · μ ·
√
2 · �p · ρ−1 · cos(α2) = λ · Qg · √

2 · �p · ρ, (12)

where λ = μ · cos(α2) is an unknown parameter. In order to obtain λ, first α2 must be
determined. Therefore CFD analysis was carried out, and the α2 value was estimated
as an average jet angle at the valve gap output. Figure 9 shows velocity vectors for the
P–A flow channel in the X–Y plane for the spool gap width xg = 0.4 mm and xg =
2.0 mm, respectively. The analogous results obtained for the B–T channel are presented
in Fig. 10.

Fig. 9. Velocity distribution in the X–Y plane of the P–A flow channel, Q = 5.0 [dm3/min], a)
xg= 0.4 [mm], b) xg= 2.0 [mm].

As it arises from Fig. 9 and Fig. 10, the α2 value is inversely proportional to the
gap width xg in both considered flow channels. Hence, increase in xg decreases α2
and thus increases λ which is proportional to cos(α2). As a result, axial component of
flow force rises. In order to take into account the dependency between λ and xg in the



Research on Flow Forces in the USAB10 Control Valve 11

Fig. 10. Velocity distribution in the X–Y plane of the B–T flow channel, Q = 5.0 [dm3/min], a)
xg = 0.4 [mm], b) xg = 2.0 [mm]

control characteristics of the valve, linearization based on the CFD analysis results was
performed.

The linearized functions of λ
(
xg

)
obtained forP–A andB–T flow channels are shown

in Eqs. 13 and 14, respectively:

λP−A
(
xg

) = 0.1320848 + 0.1392931 · xg, (13)

λB−T
(
xg

) = 0.0552060 + 0.1391350 · xg . (14)

Both obtained lines have similar inclination angle, while the total value is signifi-
cantly higher in case of the P–A channel, due to the larger free term value. Thus, in the
next step control characteristics of the P–A channel were determined.

3.4 Control Characteristics

Control characteristics of the valve were determined individually for each flow path.
Figure 11 shows a scheme used for testing the P–A channel. The fixed capacity pump
(2) supplies the tested valve (1). Pressure at the valve inlet is set by an adjustable relief
valve (3), while the electromagnet force is adjusted by means of the Iel signal.

Control characteristics can be calculated by solving system of equations includ-
ing flow equations and a spool motion equation. The P–A flow channel characteristics
obtained for the with fixed values of the control signal in the range from 40% to 100%
are shown in Fig. 12. As it arises from the figure, after exceeding the initial threshold
pressure value, the volumetric flow rate as a function of pressure drop is close to constant
in the considered range of the control signal.
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Fig. 11. Scheme of hydraulic system for testing the control characteristics; 1 – tested valve, 2
– pump, 3 – relief valve.

Fig. 12. Flow rate against pressure drop (P–A channel) for fixed values of control signal.

4 Test Bench Experiments

The test bench used to conduct experiments is shown in Fig. 13. It was equipped with
pressure, flow rate, position, temperature and current sensors. The test cycle was carried
out in the following way: first a maximum control signal value of Iel = 1.5 A was set
while the relief valve was opened (p = 2.0 MPa). During the measurement, the pressure
was gradually increased to 35 MPa and then similarly decreased to 2.0 MPa. Then the
control signal was reduced by 10% and the cycle was repeated.

Comparison of theoretical and experimental characteristics are shown in Fig. 14.
The presented results were obtained for the control signal value Iel = 1.50 A (100%),
Iel = 1.05 A (70%) and Iel = 0.60 A (40%), respectively.

The obtained results of laboratory experiments confirmed that the valve kept the set
flow rate relatively stable in the entire considered pressure range. The flow rate obtained
during the laboratory experiments varied between 12 dm3/min and 15 dm3/min for Iel
= 0.60 A and between 40 dm3/min and 45 dm3/min for Iel = 1.05 A. In these cases the
maximum relative difference between simulation and laboratory results did not exceed
7%.
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Fig. 13. Test bench; 1 – tested valve, 2 – pressure transducers, 3 – pressure gauge, 4 – spool
position transducer.

Fig. 14. Comparison of control characteristics obtained for fixed values of control signal; 1 –
theoretical curve, 2 – experimental curve.

At the maximum control signal Iel = 1.50 A, simulation and experimental curves
are well matched in the low pressure range up to 5 MPa. Next, a significant flow rate
decrease from 68 dm3/min to 63 dm3/min is observed between Δp = 5 MPa and Δp
= 10 MPa, which differs from the simulation curve. As a result, the obtained flow rate
values on most of the experimental curve are about 10% lower than those resulting from
the simulation. The revealed discrepancy constitute a starting point for further research,
including electromagnet tests and model refining.

5 Summary

The article provides an analysis of the possibility to compensate impact of pressure on
flow characteristics in a proportional directional spool valve. The compensation was
made by means of flow forces, modifying the spool geometry accordingly. First, CFD
analysis was performed on a 3D model for the fixed spool positions and different flow
rates. It was noticed from the results of the CFD analysis that the jet angle in the throttling
gap depends mainly on the gap width (spool position) and, to a significantly limited
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extent, on the pressure. This allowed an analytical function of the jet angle influence on
the flow force value to be determined. Then, control characteristics of the valve were
calculated and compared to results of test bench experiments. Detailed conclusions:

• the use of flow forces to compensate pressure requires the appropriate jet angle value,
which can be achieved by adjusting the spool gap geometry,

• this solution can be applied in the practice in case, when precise control of the speed
of actuator is not required,

• the proposed method does not require any additional valves nor control systems.
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Abstract. Gerotor pumps are a special type of gear pumpswith internal trochoidal
gearing. Due to their compact design and simple structure, they are character-
ized by high reliability and low cost. They are represented in many applications,
mostly in the automotive industry. Increasingly stringent environmental regula-
tions require automotive manufacturers to improve vehicle design by increasing
the efficiency of their components, including the gerotor pump.This paper presents
a procedure for determining the optimal combination of trochoidal gearing design
parameters, in order to improve the performance of a gerotor pump. Gerotor per-
formance is affected by sliding velocity, volume efficiency and contact stress. An
appropriatemathematical model was developed in order to analyze variation effect
of gear design parameters related to value of the pump functional characteristics.
In order to reduce the maximum contact stresses, forces and moments’ analysis
was performed by analytical and numerical method. Through consideration of the
gear tooth profile with technological gaps, their impact on the volume losses and
gear ratio of the pumpwas identified. The verification of the developedmodelswas
carried out through the realization of physical gear pairs and performing of a lab-
oratory experiments with simulation of pump operating conditions. These results
establish valuable guidelines for constructors to designmore efficient construction
solutions of the gerotor pumps.

Keywords: Trochoidal gearing · Gerotor pump design · Volumetric flow rate ·
Contact stress

1 Introduction

The gerotor pumps are a special kind of positive displacement pumps and used widely
in industry, mostly in a lubrication system for internal combustion engines. The pump
impeller is the gear pair with internal trochoidal gearing, has one tooth difference. There
are several methods for the geometric profiles design of the gerotor gear pair set [1, 2].
One group of researchers proposed generating a profile by equidistantmodification of the
epitrochoid and its conjugated envelope [3–5]. The second one, used cycloidal gear tooth
design method [6] and third one using the circular pin gear generating technique [7].
Also, there are numerous approaches to improve the pump performance and efficiency.
Significant contributions to the investigation of the benefits of the of plastics components
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application in trochoidal machines have been made in the [6, 8–10]. The higher area
efficiency, the outlet pressure and the outlet flow, with a larger span angle of the gerotor
pump tooth profile, is shown in [11]. The impact of real-life technological clearances on
the performance of the pump is studied by numerical simulation in [12, 13].

This paper is designed to provide researchers in the field of trochoid machines with a
reference that provides opportunities to improve the performance of gerotor pumps. It is
not intended to be a comprehensive review but rather provides guidance and information
to keep researchers aware of the potential performance improvements.

2 Gear Profiles Design

Gear profile design approach proposed in [3–5] is adopted. The internal gear profile is
equidistance of the epitrochoid generated by rolling the inside of a larger circle ra on
a smaller fixed circle rt . The external gear profile is the equidistance of the conjugate
external envelope, described by circular arc with rc radius (see Fig. 1).

Fig. 1. Generation of the trochoidal gearing.

Theoretical trochoidal meshing profiles have as many contact points as the number
of teeth z of the external gear. Therefore, defining general equations of the profile points
coordinates applicable to all teeth is required. The internal gear profile (see Fig. 1) is
defined by a position vector of the contact pointP in the coordinate systemof the trochoid
Otxtyt using the following equation:

x(t)
Pi

= e

{
zλ cos

[
τi + ψ

z − 1

]
− cos

zψ

z − 1
− c cos

[
τi + ψ

z − 1
+ δi

]}

y(t)
Pi

=
{
zλ sin

[
τi + ψ

z − 1

]
− sin

zψ

z − 1
− c sin

[
τi + ψ

z − 1
+ δi

]}
(1)

where i is the ordinal number of the tooth, λ is the trochoid coefficient, λ = d
/
ez, c is

the equidistant coefficient, c = rc
/
e, τi = π(2i − 1)

/
z and δ is the leaning angle [5].

The derived equations can be applied to different kinematic schemes of trochoidal
machines. In pumps with fixed shaft axes where the drive shaft is fixed to the internal
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gear, the following expressions define the relations between the referent angleψ and the
shaft rotation angles ϕa= −ψ and d ϕt= (z/z − 1)dϕa.

3 Procedure for Selection of the Improved Teeth Profile

3.1 Defining the Problem

In order to achieve high level functional characteristics of the pump it is necessary to
provide the best combination of gear geometrical parameters. In the pump process design
usual parameters, such as: the gear width b, eccentricity e, and the root radius of the
external gear rfa are given (see Fig. 1). It is necessary to determine the external gear
teeth number z and the values of the coefficients λ and c, which define the optimum gear
teeth profile. Before analyzing the influence of the parameter variation on the gear pair
characteristics, the primary aspect of the selection of the optimum gear profile should
be defined, and that would be the minimum curvature at the critical contact point, and
hence the higher tooth flank resistance to destruction.

3.2 Dimensional Limits Parameters

In order to define the practical application domain for the geometric parameters of the
trochoidal pump gear pair, it was necessary to determine the geometric and kinematic
conditions that should be fulfilled by the profiles so that the proper meshing could be
achieved. In addition to the limits that prevent several types of interference, the condition
for uniform gear teeth wear is set, as well as the condition for achieving a maximum of
the minimum equivalent curvature radius profile curve. Their geometric and kinematic
conditions for trochoidal gearing design are given in the [14].

3.3 Geometric Parameters Selection

By varying the geometric parameters using the defined limits, their best combinations
are selected. The mathematical model given in [14] was used for this analysis, with the
purpose of correction of the existing lubrication pump gear set. Design parameters of
commercial gear set, Model 1, are λ = 1.575, c = 3.95, while the Model 2 was designed
based on calculations with better characteristics, λ = 1.375, c = 2.75. For both gear sets
the parameters are: z = 6, e = 3.56 mm, rs= 26.94 mm, ωt = 2πnt = 50π s−1 and 	p
= 0.6 MPa. The selected parameter values are further checked against the criteria set to
evaluate the gear set solution.

3.4 Gear Set Design Evaluation

Kinematic Characteristics. During the meshing the trochoidal gearing profiles are
rolling in the same time and sliding one to each other. The sliding of the profiles in the
contact point is the consequence of the difference of the relative velocities intensity of
the points on the profiles of the internal respectively the external gear. Except the sliding
velocity, for the analyzing of the phenomenon of wear, the summary rolling velocity is
also significant [5]. Figure 2 illustrates diagrams of the leaning angle, sliding velocity
and summary rolling velocity for both considered gear sets.
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Fig. 2. Leaning angle, sliding velocity and summary rolling velocity.

Based on the graphical interpretation given, it can be concluded that the curves of the
sliding velocity and the summary rolling velocities intersect at the point when the leaning
angle reaches themaximumvalue. In thatmoment the rolling velocity of the external gear
tooth profile reaches zero. The change in sign of the sliding velocity and the summary
rolling velocity influences themoment direction change of the sliding and rolling friction
forces, and thus the mechanical power losses. Fatigue pitting development is expected
on the profile section where the sliding velocity is less than the summary rolling velocity.
On the rest of the profile decrease of the lubricant layer thickness, increase of the contact
temperature and the risk of scoring are expected.

Volumetric Characteristics. Modern gerotor pump design methods require the use of
appropriate mathematical models of processes that occur in actual pump structures. For
that reason, the instantaneous pump chamber volume was first considered [15] and then,
using the certain trigonometric transformations, the following formula to determine the
theoretical volume variation in the active chamber is obtained:

dVi

dt
= ωtbe

2z

{
2λ sin

π

z
sin

(
2π i

z
− ψ

)
−c

z

[
1 + λ2 − 2λ cos(τ − ψ)

] 1
2

∣∣∣∣
τi+1

τi

}
(2)

as well as that of theoretical gerotor pump flow rate which is determined by the formula:

Q =
n∑

i=m

dVi

dt
(3)

where m and n are the ordinal numbers of starting and the final chambers which can
be found at the same time in the thrust phase. Figure 3 shows diagrams of the volume
characteristics of a gerotor pump with gear set Model 2 as a function of external gear
rotation angle, based on which their size and variation can be observed. The differences
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of pump flow variation for both considered gear sets are negligible. This is confirmed by
the calculated values of the flow rate irregularity, which for both models are is equivalent
to δq ≈ 10%.

Fig. 3. Volumetric characteristics for Model 2.

Dynamic Characteristics. In order to create conditions that reduce contact forces and
thus reduce wear, the forces and moments affecting the gear pair of the gerotor pump are
analyzed. Conventional calculation methods of the pump load start from the hypothesis
that the pressure in all the chambers of the same zone (inlet and delivery) is constant.
In this case, the force of fluid pressure, which separates the inlet zone from the delivery
zone, is a continual force that can be presented as an equivalent concentrated pressure
force, as shown in Fig. 4 [15, 16]. Starting with the specific conditions in which the
load is transmitted simultaneously at a number of contact points, for the calculation of
contact force at the current contact point, the expression can be written:

Fni = MFn(Ot)
sin αni

e(z − 1)
q∑

j=p
sin2 αnj

(4)

where p and q are the ordinal numbers of the initial and the final tooth of the external
gear that transfer the load, αni is the angle between the axis xf and the normal CPi, and
MFn(Ot) is the total moment of normal forces with respect to the centre of the gear that
is equal to the sum of the drive moment and the pressure force moment with respect to
the center of the internal gear [15].

During the pump working process in every chamber, due to fluid flow, the pressure
pi is changing. In a gerotor pump the fluid distribution is done through the holes with
variable fluid flowarea, because it is assumed that fluid flowarea is equal to instantaneous
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Fig. 4. The fluid pressure force and the contact forces (ϕa = 55◦).

chamber area. This assumption led to expression for calculation of the pressure variation
	pi during the fluid flow in the active chamber [15].

In order to obtainmore accurate results, the pressure variation due to fluid flow should
be taken into account while calculating forces and moments. However, in that case, it is
difficult to obtain an analytical solution, so it is advised to use a numerical method. The
CATIA® module for structural analysis was applied for finite element analysis (FEA) of
the gear loads in the gerotor pump. The boundary conditions were such that the support
surface of the drive shaft was completely fixed. To obtain results for the moments and
forces, the sensor was defined in the gear cross-section plane.

The analytical-numerical calculation consisted of two phases. In the first phase, only
relative fluid pressure on the intake and discharge side was given as load, and the output
result was the resultant fluid pressure and its moment in relation to the center Oa. This
moment value is equivalent to the contact forces moment MFn(Ot) [15] and it was used
for analytical calculation of the forces using the Eq. (4). In the second phase of the
numerical calculations, the fluid pressure and the contact forces were given as load. The
output results were the support reaction force and driving moment.

The calculation procedure involved two cases. In the first case, the pressure variation
Δpi due to the fluid flowwas neglected (pi = const), while in the second case it was taken
into account (pi �= const). Then, the fluid pressure value was calculated for each chamber
and it was given as load of the active chamber surface (between the two adjacent profile
contact lines). Figure 5 shows the FEAmodel with the motion restrain, loads and results
at the angular position of ϕa = 5◦.

For maximum contact stress calculation, when the gears are made of the same mate-
rial, Et = Ea = E and νt = νa = ν, the following expression is evaluated through the
classic Hertz theory [16]:

σni =
√

1.57Fni E

π2b
(
1 − ν2

)
ρekv

(5)
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a) II phase, Case III b) II phaase, Case II 

Fig. 5. Visualisation of the discrete gear load and results (ϕa = 5◦).

Based on the analysis of the forces and the developed methodology, a program was
made in the software package Mathematica® for the identification of teeth in contact
and calculation of contact forces and stresses in the trochoidal pump gear set.

Figure 6 shows values of the driving torque and the maximum contact stresses of the
different angular positions during oneworking process phase, obtained by the analytical-
numerical calculation for both considered cases. Simplified calculation in case I give
lower values for the driving torque.Diagrams show that in both cases the newly generated
Model 2 yields lower values of the maximum driving torque, as well as of the maximum
contact stresses than the value obtained with the commercial pump model, up to 16.8%,
which confirms the choice of the better solution.

Fig. 6. Comparison of the driving torque (a) and maximum trochoidal gear contact stress (b) for
two cases.

Torque Pulsations in Gerotor Pump with Technological Clearances. The previ-
ously described research considered a theoretical trochoidal profile with assumptions
about ideally accurate geometry. However, in real constructions, the tooth profiles are
made with technological clearances, which are necessary to allow proper mounting and
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meshing of the gears. Inevitable gap can lead to fluid losses, then additional dynamic
forces, reduce stability and enhance noise and vibration. In order tomodel of themeshing
of profiles with clearance it is adopted that a real profile of the internal gear was obtained
by a modification of the trochoid with constant difference increased by the clearance
size, ε. [17, 18].

For gearing pairs with ideal geometry, the transfer of motion is achieved with a
constant gear ratio.However, for real pumpswith gaps, the inner gear rotates an additional
angle 	θi to make contact with the outer gear (see Fig. 7, a). This angle between the
theoretical and actual position of the inner gear is called the lag angle.

Fig. 7. Geometric relations used to determine the lag angle (a) and minimum gap (b).

When determining the lag angle, it is necessary to identify the tooth of the outer gear
that will first get in contact. It is assumed that an imaginary circular tooth is revolving on
the trochoidal gear profile until the distance of its center from the inner gear center Ot

becomes equal to the distanceDiOt . At that instance, the position of the imaginary tooth
and trochoidal gear coincides with the position of the real teeth in contact. The lag angle
is determined as a difference between of the position vectors angles of the points Di and
Di* (see Fig. 7, a). The minimum value of the shortest distance between the circular toot
profile and the real trochoidal profile at a theoretical position identifies which tooth gets
in contact and is then used to calculate the corresponding lag angle. The gap between
other gear pairs is defined by the distance of points Pti and Pai, when those points are
located at the common normal of the profile. By varying the value of the angleψ i for the
observed tooth of the outer gear, the value angle that defines the position of the common
normal and point Pti on the internal gear profile is obtained and then used to determine
the normal distance between points Di and Pti.

Finally, the minimum clearance between gear profiles can be calculated as:(
hmin

)
i = DiPti − rc, i = 1, 2, . . . , z. (6)

Variation of the gap height is analyzed for a period of one outer gear revolution.
Diagram shows the results for two adjacent gear teeth bywhich can be concluded that the
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same teeth pair stays in contact during one phase (see Fig. 8, a). Consequently, in short
angular interval, there is simultaneous meshing of two adjacent gear teeth. Diagrams
show peaks, the first and the most expressive of them taking place at the moment when
contact between adjacent couple of gear teeth ends, while the second of them takes place
after a period that corresponds to one phase angle. Further decrease in gap has nearly
linear character with noticeable deviation at the moment when new couple of gear teeth
comes into contact. It could be also concluded that the width of the gear teeth profile
active part, as well as the length of the interval of double gearing, is larger for the Model
2.

Fig. 8. Comparison of the gap height (a) and lag angle and gear ratio (b) for two gerotor gear sets
with technological clearance, ε = 0.07 mm.

After identifying the tooth in contact, as well as position of the current pitch point
Cr of the inner gear (see Fig. 7, a), the real pump gear ratio can be calculated [17]. For
the presented example, values of a lag angle and the current gear ratio are determined
and obtained results as a function of external gear rotation angle are given in Fig. 8, b.

Diagrams of a lag angle and the gear ratio show the peaks whose position concurs
with peaks on the clearance height diagram. The fluctuations in the gear ratio directly
affect the variation of the output torque, and consequently the appearance of noise
and vibration in the machine. For this reason, the goal is to achieve as little gear ratio
deviations as possible from the ideal, constant value (u = 1.2).

Based on the presented results the conclusion was made that more beneficial indica-
tors are derived from the Model 2 proposed as a solution with improved characteristics
compared to the existing commercial ones Model 1.

4 Experimental Validation

The experimental testing of gerotor pump with two considered gear sets was done in
laboratory with the simulation of real operating conditions (see Fig. 9). The layout of the
test rig was in accordance with the hydraulic circuit shown in Fig. 10. The tested gerotor
pump was driven by electric motor up to 2.2 kW. The working medium of the pump
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was SAE 15W30 mineral oil, and the oil temperature was maintained within 40 ± 2 °C.
The speed is adjusted by a speed controller and measured by a contactless tachometer.
In doing so, three values of the pump rotational speed were varied (500 rpm, 1000 rpm
and 2000 rpm).

Fig. 9. Gerotor pump test rig.

A vacuum gauge was used to measure the intake pressure of the pump working fluid,
while a pressure gauge was used to measure the discharge pressure of the working fluid.
The test rig enabled measurements of the outlet flow rate by a flow meter. Measuring
the pump flow rate was performed at the discharge pressure of the pump from 0 up to
1 MPa in increase steps of 0.1 MPa.

The results of measurements of the pump flow rate and volumetric efficiency, as a
function of discharge pressure, are shown in the Fig. 11. Based on the shown diagram, it
can be observed that there is a linear relationship between the flow rate and the discharge
pressure, and the output flowwas approximately 13 l/min at 1000 rpm,which is about 7%
less than the calculated value pump capacity (14 cc/rev). In addition, it was observed that
the value of the volumetric efficiency is higher for the Model 2 and at higher rotational
speed.

The deviation between the calculated and experimentally measured flow was found
during the experiment, but as the pumps tested on the same device from the regular man-
ufacturing process showed the same difference, the newly made model was considered
to satisfy the experimental validation and as such could be to use in practice.
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Fig. 10. ISO schematic of test rig: 1-tank, 2-cooler, 3-heater, 4-filter, 5-oil level indicator, 6-
temperature gauges, 7-ball valve, 8-vacuum gauge, 9-motor, 10-tachometer, 11-torque meter,
12-tested pump, 13-safety valve, 14-pressure gauge, 15-valve, 16- flow meter.

Fig. 11. Flow rate (a) and volumetric efficiency diagrams (b).

5 Conclusion

Based on the trochoidal gearing generation mathematical model the procedure for the
selection of the improving gerotor gear set is defined. The most significant constraining
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factors related to functionality and practical applicability, including aspect of the maxi-
mal contact stress reduction, in the selection of gearing profile geometrical parameters
are adopted. Based on the presented results the conclusion that more beneficial indica-
tors are derived from the gear set proposed as a solution with improved characteristics
compared to the existing commercial ones was made.

It has been shown that choice of the same chamber number and the smaller tro-
choid coefficient in the gerotor pumps with the same root diameter of the external gear
changes the kinematic characteristics, but it does not significantly changes the pump
flow. It has also been shown that, with the new profile form, larger length of the double
gearing interval and smaller inter chamber leakage is realized. By taking into account
the variation of pressure in the chamber, a better insight into the actual load distribution
and more accurate values was obtained, used finite element method. The values of the
drive moment, obtained by numerical computation, are only slightly different from their
analytical results. It has also been shown that new profile shapes yield lower values of
the drive moment and the maximum contact stresses.

The importance of the developed procedure is best seen through the possibility of
its application not only in designing new pumps but also in redesigning the existing
ones, and particularly in high precision designing. It is intended to assisted develop a
computer-based tool to help designers recognize, both qualitatively and quantitatively,
opportunities to improve gerotor pump efficiency. Further work will focus on exploring
and minimizing mechanical gerotor pump losses.
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Abstract. The hydraulic system start-up in low ambient temperature is accom-
panied by numerous phenomena, which include changes in physical proper-
ties of hydraulic fluid, dimensions of cooperating working elements and clear-
ances between these elements, friction and flow resistance. This changes the sys-
tem efficiency, increases wearing of components and changes other operational
features.

The volumetric, torque and total efficiency of hydraulic pumps change during
start-up in low ambient temperatures, as well as in thermal shock conditions, until
they reach the set conditions. The time to reach steady-state conditions depends
on many parameters: ambient temperature, flow rate, fluid temperature, design of
hydraulic units.

The author carried out tests of hydraulic pumps in the Hydraulics Laboratory
of the Faculty ofMechanical Engineering of theGdańskUniversity of Technology.
In the research four types of pumps were investigated: several gear pumps, two
axial piston pumps of different designs and one radial piston pump. It was proved,
that in thermal shock conditions some malfunctions may occur, especially with
large temperature difference between oil and pump.

Experimental research of various hydraulic pumps operating in low ambient
temperatures, undertaken by the author, allows to answer the question how the
volumetric and torque efficiency changes in such conditions and what parameters
does it depend on.

Keywords: Hydraulic drive · Hydraulic pump · Thermal shock

1 Introduction

In winter, hydraulic machines and equipment fail more than in summer. The most com-
mon cause of failure is damage of parts (elements) of the hydraulic system components
during improper operation. In some cases of starting the hydraulic system in low ambient
temperatures, the efficiency of pump is reduced. This is due to increased flow resistance,
lack of sufficient lubrication of mating parts of components, icing of components, insuf-
ficient clearance between the mating parts, high viscosity of the working fluid (mineral
oil).
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Information related to the operation of hydraulic components and systems in low
ambient temperatures can generally be derived from several sources [2, 21, 22, 27, 28].

Hydraulic pumps, hydraulic motors and valves [33–35] are the basic hydraulic sys-
tem components, in which energy losses occur. The losses are classified into volumetric,
pressure andmechanical ones and determined for a given hydraulic device in steady con-
ditions, with neglecting impact of heat exchange in such device considering as insignifi-
cant in total balance of energy losses [4, 19, 26, 30–32]. In process of starting hydraulic
machine the heat exchange on the path of working fluid - elements of hydraulic compo-
nents - the environment has great impact on the efficiency of energy conversion in these
components of devices, especially during start-up of cold components supplied with hot
working fluid, which was proved in [6–18].

Volumetric and torque efficiency of pump during start-up in low ambient tempera-
ture is affected by the use of appropriate oil in the system. One of the disadvantages of
hydraulicmineral oils is large change in viscosity as the temperature changes. In low tem-
perature, the kinematic viscosity of these working fluids can be as high as 10000 mm2/s
or even higher.Manufacturers of hydraulic components recommend that the oil viscosity
during start-up (depending on the design) should not exceed 300 to 2000 mm2/s [27].

The author has been conducting research on hydraulic components (pumps, valves,
motors) in low ambient temperatures for many years. Analyzing the starting conditions
of hydraulic systems (pumps) in low ambient temperature, two cases of supplying a
cooled pump with cold or warm working fluid can be distinguished (Fig. 1).

Start-up of hydraulic system (pump) in low 
ambient temperature

Start-up of cooled hydraulic system
(pump) supplied with cooled oil. The 

components heat up slowly as result of 
energy losses in the system.

Start-up of cooled hydraulic system 
(pump) supplied by warm oil. The com-
ponents heat up quickly from warm oil.

Fig. 1. Cases of hydraulic systems during start-up

In the first case, at start-up the entire hydraulic system, including oil, has a tem-
perature equal to the ambient temperature. However, in the second case, just before the
start of the system, the oil is heated in the tank to temperature much higher than the low
ambient temperature and components (thermal shock conditions).

The author decided to perform experimental tests of four types of pumps (several gear
pumps, two axial piston pumps of different designs and one radial piston pump) started
in low ambient temperatures in order to assess the operation of hydraulic components
and systems in these conditions. These tests were intended to enable measurements of
changes in volumetric, torque and total efficiency of hydraulic pumps during start-up
in low ambient temperatures for two cases of supplying cold pumps with cold or warm
working fluid.
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2 Start-up of Hydraulic System in Low Ambient Temperature

2.1 Start-up and Heating of the Cooled Hydraulic System

As a result of energy losses [1, 2, 5, 24, 27–29], during start-up of the cooled hydraulic
system (Fig. 2), the process of components heating up occurs.

Fig. 2. Diagram of a machine with cold hydraulic system supplied with cold working fluid from
tank [6]

In hydraulic systems operating in low ambient temperatures, theworking fluid should
have the right viscosity. This can be achieved by using a hydraulic oil that is adapted
to operate at subzero temperatures or by heating the oil to lower its viscosity, to ensure
proper operation of the system.

Starting the pumps in conditions where the viscosity of the hydraulic oil is very high
may be accompanied by the risk of extremely undesirable cavitation. Incomplete fluid
filling of working chambers (cavitation) exposes the pump to damage, accelerated wear
of elements and reduction of volume efficiency of pump.

2.2 Start-up and Heating Process of Cold Hydraulic Components Supplied
with Warm Oil

Starting the pump in low ambient temperature conditions can be achieved with warm
working fluid (Fig. 3). It is a commonly used method in practice as an alternative to
starting with the use of cooled special oils, which viscosity is sufficient. The pump is
then exposed to work in thermal shock conditions, which is accompanied by uneven
heating of the elements of this component. This causes different thermal expansion of
cooperating elements, affecting the value of clearances in the transient process.

The hydraulic system, in which the pump is exposed to work in thermal shock
conditions is system in which the oil tank is equipped with heating system and the pump
is located at distance from it. There may be instances of pump start-up in which, as result
of break in the operation of the hydraulic system, the pump has cooled significantly in
relation to the heated hydraulic oil in the tank. However, in practice, before the warm
working medium is delivered to the pump, the cold oil must be replaced by the warm in
the pump and in the suction line.
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Fig. 3. Diagram of a machine with cold hydraulic system supplied with warm working fluid from
tank [6]

The time needed for the supply of warm working fluid depends on the length of the
cold oil filled pipe and the average flow velocity depending on the pipe diameter and
flow rate. The longer the hose connecting the tank to the pump is, the longer it takes to
start up when supplied with cold oil.

The longer the time of supplying cold working fluid to the pump is, the more likely
the decrease in volume efficiency occurs. These effects are described in Sect. 2.1.

The shorter the time of supplying cold working fluid to the pump is, the faster the
thermal shock conditionswill occur, causing the possibility of disappearance of clearance
between the cooperating elements of pump. This can affect change volumetric, torque
and total efficiency.

3 Efficiency of Hydraulic Pumps Operated in Low Ambient
Temperatures

When starting the hydraulic system in thermal shock condition, dynamic process of
heating the pump elements occurs. It has large impact on changes in clearances between
cooperating elements and the properties of the working fluid. As a result, the pump
efficiency changes as function of time.

During start-up in thermal shock conditions, the pump efficiency changes as a
function of time to steady state.

The change in pump volumetric efficiency ηPv(τ) over time τ is calculated from the
ratio of actual flow rate QP(τ) to the theoretical flow rate QPth:

ηPv(τ ) = QP(τ )

QPth
(1)

or:

ηPv(τ ) = QPth − �QStrat(τ )

QPth
(2)

The pump’s volume losses are determined by the sum of its components:

�QStrat(τ ) = �QS(τ ) + �QV (τ ) (3)
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where:
ΔQS(τ ) – flow rate of volume losses caused by periodical deformation of pump

working chambers and fluid compressibility,
ΔQV(τ ) – leakage flow rate through the gaps of pump working chambers.
When starting the pump in low ambient temperature, an increase in volumetric losses

ΔQS(τ ) by an additional component of losses ΔQN(τ ) of incomplete fluid filling of the
working chambers may occur.

The volume flow rate of volumetric losses caused by incomplete filling of working
chambers with fluid of certain density and viscosity depends on the fluid temperature,
rotational speed, pressure increase in pump [2, 27, 28], i.e. ΔQN(τ ) = f(T, nP, ΔpP).

Such phenomena in operating conditions of hydraulic machines and devices in low
ambient temperatures should not be allowed.

4 Stand for Testing Hydraulic Pumps in Low Ambient
Temperatures

In order to detect phenomena occurring during start-up of hydraulic pumps (axial piston,
radial piston and gear pumps) in low ambient temperatures experimental tests were
carried out [3, 6–18, 20].

The Hydraulics Laboratory at the Faculty of Mechanical Engineering of the Gdańsk
University of Technology is equipped with, among others, multi-pump supply devices
with oil temperature stabilization, devices for testing components and hydraulic systems
as well as a system for measuring and recording mechanical, hydraulic and therma
quantities.

Fig. 4. Stand for testing gear pumps in low temperature chamber

The tested pumpswere cooled to−25 °C in low temperature chamber. The tests were
carried out without forced air flow in the chamber. The temperature of oil supplying the
pump during tests in thermal shock conditions was set in the range of 20 to 60 °C (usually
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50 °C) by means of oil temperature stabilization system containing heater, cooler and
temperature controller.

During start-up of hydraulic pump, the following parameters were measured: pres-
sure at the inlet and outlet of pump, flow rate, rotational speed of pump shaft, temperature
in low temperature chamber, oil temperature, temperature of pump elements, torque of
pump.

Hydraulic systems (pumps) were tested in low ambient temperatures in cases of:

1. cold pump start, which sucks cold working medium from tank (Figs. 4 and 5),

Fig. 5. Diagram of stand for testing pumps during start-up in low ambient temperature (cold pump
and cold working fluid in tank): 1 - tested pump, 2 - electric motor, 3 - tachometer, 4 - torque
meter, 5 - flow meter, 6 - overflow valve, 7, 9 - temperature sensors, 8, 10 - pressure sensors

2. cold pump start under thermal shock condition [6].

5 Tests of Hydraulic Gear Pumps in Low Ambient Temperatures

The author carried out tests of several gear pumps in low-temperature chamber. The cold
pumps (theoretical displacements 12.2 cm3/rev, 19.5 cm3/rev, 20 cm3/rev) were tested
during start-up with cold oil (Fig. 5), as well as in thermal shock conditions (theoretical
displacements of 5 cm3/rev, 7 cm3 rev, 12.2 cm3/rev, 19.5 cm3/rev, 20 cm3/rev). In
tested gear pumps the bodies were made of aluminum alloy, while the moving parts
were made of steel. Aluminum alloy has almost twice the value of the coefficient of
linear expansion in relation to steel, as a result there was no disappearance of clearance
between gear vertices and the body bore.

One of the tests was carried out when the cold pump (theoretical displacement qPth =
19.5 cm3/rev) sucked in cold oil from tank (Bartran HV 22BP [36]) and pumped through
gear flowmeter and overflow valve to tank [8]. The pumpwas driven by an electric motor
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whose shaft rotated depending on the pump load at rotational speed 1500 rpm. Based on
the determined volumetric efficiency, it was found that undesirable effects occur when
the pump is started in low temperature of −20 °C [8].

Other tests were carried out for cold gear pump (theoretical displacement of
19.5 cm3/rev) sucking in oil (Total Azolla ZS 46) at same temperature of 0 °C, 5 °C, 10
°C. After starting the pump (low ambient temperatures: 0 °C) for 160 s, the gas releases
from the fluid and the pump working chambers are not completely filled with oil, and
the fluid is pumped with noise. The volumetric efficiency is increased slowly from 0.63
to about 0.95 (Fig. 6). The period of incomplete filling of a cooled pump fluid during
start-up depends on the ambient conditions, pump operating parameters and properties
as well as the temperature of the fluid.
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Fig. 6. Volumetric efficiency of gear pump (theoretical displacement 19.5 cm3/rev) as function
of time during start-up in low ambient temperatures: 0 °C, 5 °C, 10 °C (oil Total Azolla ZS 46)
[6]

After starting the pump in ambient temperature of 5 °C for about 100 s, the volumetric
efficiency of pump was reduced (Fig. 6).

Based on the test (Figs. 7 and 8) of the cold gear pump (theoretical displacement of
20 cm3/rev), which sucks cold working fluid from tank, changing volumetric efficiency
values (Fig. 7) can be seen. In the initial period of start-up process, the pump chambers
are not completely filled with liquid. Only after 150 s, there is an increase in suction
pressure and volume efficiency. The increase in volumetric efficiency indicates reduction
of gas extraction from oil. It can be stated that the suction pressure value of the pump
started in low ambient temperature is of great importance for its operation and affects
volumetric efficiency.

The volumetric efficiency of the pump, in which the working chambers were not
completely filled with fluid, changed as a function of time. The period of incomplete
fluid filling of working chambers depends on the load, type of oil and change in fluid
temperature (viscosity).
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Fig. 7. Volumetric efficiency of gear pump (theoretical displacement 20 cm3/rev) and suction
pressure as function of time during start-up in low ambient temperature (temperature of pump
before start-up: 0 °C, oil Total Azolla ZS 46)

0

5

10

15

20

25

30

35

40

0

200

400

600

800

1000

1200

1400

1600

0 100 200 300 400 500

O
il 

te
m

pe
ra

tu
re

 a
t  

pu
m

p 
in

le
t [
°C

] 

R
ot

at
io

na
l s

pe
ed

 [r
pm

]

Time [s] 

Rota�onal speed

Oil temperature at
pump inlet

Fig. 8. Rotational speed of gear pump (theoretical displacement 20 cm3/rev) and oil temperature
at the pump inlet as function of time during start-up in low ambient temperature (temperature of
pump before start-up: 0 °C, oil Total Azolla ZS 46)

Test results ofmany gear pumps operated in thermal shock conditionswere presented
in [6–8, 11]. One of tests of the pump (theoretical displacement qPth = 19.5 cm3/rev) in
thermal shock conditions was performed for parameters: oil temperature Tol = 46 °C,
ambient temperature Tot = −12 °C, flow rate Q = 28 dm3/min and torque M = 15 Nm
[11]. Volumetric efficiency in start-up is usually close to 100%. This is because of the
small radial clearance, resulting from low ambient temperature and low oil temperature.
Volumetric efficiency decreases when the temperature of pump elements rise. In the
initial phase of start-up, torque efficiency is low and then gradually increases. This is
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associated with increased temperature of oil and pump elements, which reduces oil flow
resistance and friction, and changing clearances.

6 Influence of Temperature on Volumetric, Torque and Total
Efficiency of Axial Piston Pump with Cam-Driven Commutation
Unit During Start-up in Thermal Shock Conditions

The pumpwith cam-driven commutation unit [23–25]was one of the tested piston pumps
in low ambient temperatures, also in thermal shock conditions [6, 13, 15]. Figure 9 shows
the design of the tested pump and the holes in fixed parts for thermocouples [6, 13, 15].
The fixed parts of the pump include: cover, real housing, cylinder block, cylinder block
cover, front housing. For testing the heating process of moving elements, i.e. pistons and
slipper, they were made in special version with holes for mounting thermocouples.

Fig. 9. Pump design, placed the thermocouples (T1–T6) in the holes made in stationary elements
of pump [13]: T1-cover, T2-front housing, T3-cylinder block - area No. 1, T4-cylinder block -
area No. 2, T5- cylinder block cover, T6 - rear housing

Continuous measurement: oil pressure, flow rate, leakage flow, torque, temperature
of oil and elements made it possible to determine volumetric, torque and total efficiency
of axial piston pump during start-up in thermal shock conditions. The pump was tested
in thermal shock conditions using oil Total Azolla ZS 46 or Bartran HV 22 [36].

One of the tests of pump during start-up was made for the parameters: oil pressure
on pump outlet 9.15 MPa, rotational speed 1100 rpm, oil temperature 49 °C, ambient
temperature −12 °C.

Oil temperature on the inlet and outlet of the pump after 100 s increased from −12
°C to 38 °C (Fig. 9). Then oil temperature slowly rises to 49 °C.

In initial period of operation of pump, the temperature of oil leaks increases much
more slowly than the temperature of the main working fluid stream at the inlet and outlet
(Fig. 10). However, after some time, the leakage stream reaches temperature higher than
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the supply oil temperature. The fastest temperature rise in the cylinder block (Fig. 10)
occurs near the pump internal channels through which the main stream of warm oil flows
and in the vicinity of the pump timing (measurements with thermocouple No. 4). The
pump cover (thermocouple No. 1) heats up slowly.
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Fig. 10. Oil temperature on pump inlet, leakage temperature, elements temperature of axial piston
pump during start-up in thermal shock conditions (oil Total Azolla ZS 46) [13]

The axial piston pump with cam-driven commutation unit is characterized by very
high volumetric efficiency 0.98 (Fig. 11). In 800 s, the volumetric efficiency decreases to
almost 0.96. 100 s after starting of the system, the torque efficiency of the pump remains
at 0.8. The efficiency depends to a large extent on the pump load, which in this case
was 9.15 MPa. The higher is the working pressure of the pump, the higher its torque
efficiency, and in the same time the lower its volumetric efficiency.
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Fig. 11. Total, volumetric and torque efficiency of axial piston pump with cam-driven commuta-
tion unit for parameters: pumping pressure 9.15 MPa, flow rate 30 dm3/min, ambient temperature
−12 °C, oil temperature 49 °C [13]
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7 Summary

Based on the results of experimental tests of pumps, it was found that in self-sucking
hydraulic pumps (gear, piston) operated in low ambient temperatures, theworking cham-
bers may not be completely filled with fluid. This reduces the volumetric efficiency of
the pumps.

In order to prevent cavitation (incomplete filling of the working chambers) in pumps
during start-up in low ambient temperatures, it is advisable to heat the working fluid
before starting the system or pre-supply the pumps to increase the suction pressure by
using an additional pump, e.g. screw pump.

The decrease in oil temperature as well as the increase in pump shaft speed cause
increase in pressure loss in the suction section of the pump. Therefore, the rotational
speed of the pump during start-up in low ambient temperatures should be lower than the
nominal value.

The torque and total efficiency of the tested gear and piston pumps, which were
started in thermal shock conditions, in the initial period depend on many parameters
among others: rotational speed, pumping pressure, temperature of oil and elements of
pump, design of hydraulic units.
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pressure gear micropumps. Arch. Civil Mech. Eng. 14(1) (2014)

20. Lewandowski, P.: Experimental tests of operation of piston pump PWK 27 during start-up
in low ambient temperature conditions. Thesis, supervisor. Jasiński, R. Gdańsk (2006). (in
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Abstract. Hydraulic systems arewidely used in drive and control systems ofmul-
tiple devices. Various types of control valves are used to determine the appropriate
direction of the working fluid movement. This article provides flow analysis of a
two-way hydraulic control valve in a cartridge housing. The flow rate through the
valve is controlled by a spring and an electromagnet. Design of a poppet ensures
tightness in both directions in the cut-off position. Accordingly, there is no need
to use additional shut-off valves. However, the fluid stream entering the valve is
divided into several jets, due to the cartridge design. This makes the flow complex
and difficult to be modelled. Therefore, the advanced ANSYS/Fluent software
was used to carry out the analysis. The conducted tests allowed the influence of
selected geometrical and physical parameters on the valve characteristics to be
examined.

Keywords: Cartridge valve · Seat valve · 3D modelling · Flow analysis · CFD

1 Introduction

Electromagnetically controlled two-way valves of 2URED6 type belong to the popular
group of cartridge valves designed for hydraulic drives. Cartridge valves are used in
both stationary and mobile hydraulics, enabling the implementation of various functions
required in the hydraulic system, such as pressure, flow rate and direction control of
the working fluid. Among the valves for controlling flow direction, the most popular
are simple two-way valves, in particular electromagnetically controlled. These types of
valves perform functions of cutting off or opening the flow, therefore are often known
as the on-off valves. They allow virtually any configuration of connections between
hydraulic lines with actuators to be made. At the same time, they can implement a
modern control logic using modules based on microprocessor technology. This type of
directional control valves is particularly suitable for small and medium flow rates. The
valves are characterized by low weight and relatively simple construction, which makes
them reliable in operation.

Among the electromagnetically controlled directional valves, two types of construc-
tions canbe distinguished: spool control valves,which cut off flowpathswithout ensuring
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the complete tightness, and directional seat valves (also called poppet valves), which
ensure the tightness themselves. Hence, spool valves require additional hydraulic ele-
ments, such as check valves or controlled check valves, which is not necessary in the case
of poppet valves. The above mentioned features of construction and functional advan-
tages make directional seat valves often and willingly used for the design of hydraulic
systems, especially in mobile applications. To ensure the complete tightness, closing of
the flow most often takes place at the circular edge of the valve seat and at the surface
of the mating element which usually is conical. Sealing rings are applied to balance
the forces from the static pressure acting on the cylindrical surface of the valve poppet.
Despite ensuring the static balance, directional seat valves may be characterized by rel-
atively higher values of flow forces acting on the closing element (poppet), compared
to directional spool valves. This results in a significant limitation of the valve operating
range, assuming the use of an electromagnet of a similar power as in a spool valve.

The issue of research on flow forces affecting valve components by means of CFD
method is known in the literature. Simic [1] conducted optimization of spool and housing
geometry in a small hydraulic seat valve to enable the reduction of the axial flow forces.
Sapra [2] presented simulation and experimental results of flow around conical element,
Huovinen [3] provided results of experimental and numerical study of a choke valve in a
turbulent flow, while Liu [4] showed realization of direct proportional flow control with
load-pressure compensation feature on a load control valve. Similarly, modelling of flow
through a three-stage large-flow directional valve which includes two cartridge poppet
valves was a subject undertaken by Xu [5]. This work is a continuation of previous
research that concerned improvement of a control valve geometry by means of CFD
methods related to a differential switching valve installed inside a throttle-check valve
block [6, 7]. The main aim of the article is to study the possibility of reducing flow forces
acting on a poppet head, thereby increasing the operational range of a directional seat
control valve.

2 Object of Research

A 2-way directional seat valve for cartridge installation (2URED6C5) designed and
manufactured by PONARWadowice is the object of research. The work concerns mod-
ernization of the valve in order to increase maximum operating pressure from 25 MPa
to 35 MPa, extend the flow rate range to at least 30 dm3/min and improve the boundary
curve of the operating range. Increase in maximum operating pressure requires the use
of a new type of electromagnet, which must meet the strength requirements due to the
increased pressure at the P connection. A 3D model of the valve is shown in Fig. 1.

The longitudinal section through the hydraulic working part of the valve is shown in
Fig. 2. The valve opens after supplying voltage to the coil of solenoid (4). The poppet
(2) moves inside the valve body (1) in the x direction after the electromagnet overcomes
initial tension of a return spring (3). Turning off the supply voltage results in return of
the poppet to its initial position due to the force generated by the return spring. As a
result, the P–A channel is closed and flow through the valve is cut off.

Depending on the pressure difference at ports A and P, the fluid flow can take place
from port P to A or vice versa. The leak-tightness isolation of the flow is maintained in
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Fig. 1. General view and graphic symbol of the 2URED6C5 cartridge seat valve; 1 – body of the
hydraulic working part, 2 – electromagnet, 3 – power supply connector, A, P – connection ports.

Fig. 2. Longitudinal cross section through the valve: 1 – body, 2 – poppet, 3 – return spring, 4
– electromagnet, 5 – sealing of the cylindrical part of poppet, 6 – poppet seat, 7 – conical surface
of the poppet, α – inclination angle of the cone.

both directions in case when the solenoid is switched off. The tightness is ensured by
sealing (5) placed on the cylindrical part of the poppet as well as the way of closing the
valve by pressing the conical part of the poppet against the sharp edge of the seat (6)
using the return spring (4). Thus, requirements for the accuracy of circularity of both
elements determine the level of tightness.

The catalogue flow resistance characteristic of the 2URED6C5 valve is shown in
Fig. 3, while an operating range is presented in Fig. 4. As it arises from Fig. 4, the
operating range for high pressure and flow rate values is significantly narrowed by the
boundary curve, particularly in the A-P direction.

3 Numerical Model and Results of CFD Analysis

Numerical analysis included the choice of turbulence model, mesh creation, conducting
simulations and presentation of the obtained results.

3.1 Turbulence Model

In order to carry out the analysis, first kind of the flowmust be determined. Due to the fact
that there are no suitable condition for laminar flow formation in the directional control
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Fig. 3. Flow resistance characteristic of the 2URED6C5 valve.

Fig. 4. Limit curve of the 2URED6C5 valve operating range with a standard poppet design (cone
angle α = 30°); 1 – flow in the P–A direction, 2 – flow in the A–P direction.

valve channels, the turbulent flow pattern has been applied. The ANSYS/Fluent system
provides several different models of the turbulence [8], including k−ε, k−ω, k− kl−
ω, v2 − f and others. In the case of flow through a directional control valve the k − ε

model works well enough, which was stated e.g. by Ye [9], Pan [10] and Domagala [11].
There are several variants of k − ε model, including Standard, RNG and Realizable.
In this work the Realizable k − ε model was chosen for simulation. According to the
model, the following equations (Eq. 1) and (Eq. 2) are used to calculate kinetic energy
of the turbulence k and dissipation factor ε, respectively:
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TheGk parameter defines increase in the kinetic energy of turbulence caused by gra-
dient of average velocities, whileGb and YM represent energy generated by the buoyancy
phenomenon and the compressibility of fluid, respectively. TheC1ε,C2ε andC3ε param-
eters are model constants, sk , sε are Prandtl numbers. The μt turbulent viscosity is
calculated according to Eq. 3:

μt = ρ · Cμ

k2

ε
. (3)
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Model constants have been assigned the following values: C1ε = 1.44, C2ε =
1.92, Cμ = 0.09, sk = 1.0, sε = 1.3. To carry out simulations, the boundary condi-
tions were defined in the Setup module of ANSYS/Fluent program. The inlet velocity
magnitude normal to the boundary was assumed in the Boundary Conditions option.
The Velocity magnitude value was introduced as Workbench input parameter, while the
outlet pressure was defined using the Gauge Pressure option of the Outlet condition.
Values of k and ε parameters were specified using the Intensity I and Length scale �

options:

I = 0.16 · (Re)−1/8, (4)

� = 0.07 · DH , (5)

where Re is Reynold’s number and DH is the relevant hydraulic diameter, which is
DH = 8 mm. Hence, the length scale � = 0.56 mm. For the considered flow rate
Q = 5 − 30 dm3 min−1 and fluid viscosity ν = 35 mm2 s−1, the Reynolds number
varies from Re = 900 to Re = 5200. This implies the intensity value I = 5.5− 6.9 %.

Geometrical and Discrete Fluid Model
The 3Dmodel of the valve created in CAD systemwas used to generate a model of fluid.
The fluid model is shown in Fig. 5a. In addition, to visualize the internal details, Fig. 5b
presents a longitudinal cross-section through the fluid model with a plane crossing the
axis of symmetry of the valve.

Fig. 5. Fluid model; P, A – connection ports, xp – poppet gap width, α – poppet head angle.

The generated geometrical model of fluid was next processed in ANSYS/Fluent
program in order to obtain a discrete model (finite element mesh). The created mesh is
shown in Fig. 6. It includes about 350 000 cells and 150 000 nodes.

The boundary conditions and physical parameter values were set as follows:

• average fluid velocity at the inlet defined by the input flow rate,
• static pressure at the outlet, value p = 0.1 MPa,
• considering the flow rate range of the valve, the following flow rate values were
selected for the simulation: Q = 5, 10, 20, 30 dm3/min,

• channel walls are smooth with no fluid slip effect on the surfaces,
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Fig. 6. Mesh of the fluid domain.

• working fluid is hydraulic oil with the parameters: density ρ = 870 kg/m3, dynamic
viscosity μ = 0.013 Pa · s.

The Pressure based solver was used to carry out the pressure-velocity coupling.
The absolute value of residuals of mass and momentum equal to 10−4 was adopted as
a convergence criterion. The model was meshed in accordance with the general Fluent
recommendations, including skewness below 0.5 and aspect ratio less than 50. The
following quality criteria of the grid were achieved: skewness 0.42–0.45 and maximum
aspect ratio around 5.

3.2 Results of Simulations

The series of calculations were carried out in ANSYS/Workbench using the previously
created geometry and the assumed boundary conditions for all selected flow rate values
in both directions:P–A andA–P. The analysis revealed that themost adverse flow-related
forces occur at the flow from P to A. Figure 7a shows pressure distribution on the valve
walls in case of the P–A flow at a flow rate Q = 20 dm3/min and the standard value of a
poppet head inclination angle α = 30°. The pressure drop for this case was 
p = 0.65
MPa.

Fluid velocity distribution along the streamlines in the vertical plane of symmetry of
the valve and in the horizontal plane of symmetry of the A port is presented in Fig. 7b.
The stream of inflowing fluid is divided into four smaller streams and then reconnected
at the entrance to the valve seat chamber. The fluid then flows around the conical head
of the poppet in the seat chamber. This generates an axial force associated with the flow
which acts in the opposite direction of the liquid flow.

In order to reduce the axial force acting on the poppet, it was decided to modify the
cone angle of the poppet head. Due to the fact that axial component of flow force is
reversely proportional to the value of the cone angle, simulations were carried out with
an increased value of the cone angle. Figure 8 shows pressure distribution on the valve
walls and velocity distribution in selected planes for the A–P direction, the flow rate
value Q = 20 dm3/min and the cone angle α = 60°. The obtained pressure drop was
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Fig. 7. CFD simulation results for α = 30° and Q = 20 dm3/min; a) pressure distribution, b)
velocity distribution in the plane of symmetry of the valve and in the plane of symmetry of the A
port.


p = 0.69 MPa, which means that increase in the cone angle from 30° to 60° caused
increase in flow resistance by about 6%.

Fig. 8. CFD simulation results for α = 60° and Q = 20 dm3/min; a) pressure distribution, b)
velocity distribution in the plane of symmetry of the valve and in the plane of symmetry of the A
port.

3.3 Estimation of Axial Flow Force

Based on the results of CFD analysis, the flow force was determined for different values
of the poppet head cone angle, α = 30°, 45°, 50° and 60°, respectively. The obtained
results in the form of chart of the axial component of flow force against the cone angle
are shown in Fig. 9. It arises from the results, that increase in the value of the cone
angle results in a significant reduction in the axial component of flow force. However,
this is also associated with an increase in flow resistance by several percent and a slight
deterioration of the sealing conditions of the poppet.

When considering the cone angle α = 60°, decrease in the Fx axial component of
the flow force is over 50% compared to the value of the base solution α = 30°. This
result accordingly contributes to a significant increase in the 2URED6C5 valve operating
range.
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Fig. 9. Axial component of flow force Fx against cone angle of the poppet head α

4 Test Bench Experiments with the Modified Poppet

In the next step, a prototype valve poppet with the cone angle α = 60° was designed and
manufactured. Then, experimental research was carried out on the test bench shown in
Fig. 10.

Fig. 10. Test bench: a) scheme, b) view; 1 – pump, 2 – relief valve, 3 – temperature meter, 4
– flowmeter, 5 – pressure transducer, 6 – tested valve, 7 – power supply.

The experiments were aimed at determining the boundary curves of flow character-
istics of the tested 2URED6C5 valve. Results of the conducted test bench experiments
are presented in Figs. 11 and 12. Comparison of the characteristics obtained for both
flow directions (P–A and A–P) revealed a significant increase in the operating range of
the valve, particularly in the case of flow in the A–P direction.

As a criterion of the operating range improvement, comparison of the surface area
contained under the limit curves was adopted. Guided by this criterion, it can be assessed
that the improvement in the operating range is as follows:

• 50% – for the P–A flow direction,
• 250% – for the A–P flow direction.
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Fig. 11. Comparison of limit curves of valve operating ranges in the case of P–A flow direction;
1 – cone angle α = 30°, 2 – cone angle α = 60°.

Fig. 12. Comparison of limit curves of valve operating ranges in the case of A–P flow direction;
1 – cone angle α = 30°, 2 – cone angle α = 60°.

5 Summary

During the experimental testing of the poppet prototype with a cone angle α = 60°,
a slightly worse sealing tightness was found. Therefore, further research is needed in
order to clarify the causes. In addition, the obtained performance characteristics of the
valve indicate that its operation may be expected at the flow rate range up to 35 dm3/min,
or even up to 40 dm3/min, at the operating pressure close to the maximum value p =
35 MPa.

Within the future work, a compromise solution, consisting in making and testing
a valve prototype with the poppet head angle α ~ 45° is considered. With this angle
value, it is expected that the operational range would be still significantly increased
(which results from the chart presented in Fig. 9) with a slight increase in flow resistance
and maintained sufficient conditions for tight closing of the valve.
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Abstract. Contemporary gear pumps evolve towards greater internal tightness
and consequently, higher working pressures. This trend necessitates the develop-
ment of novel pump designs with the so-called circumferential compensation.
In order to develop a new method of circumferential backlash compensation
one needs a computational model for determining stresses and displacements in
selected critical point. Thus the adoption of a mathematical model of the com-
pensating element is the starting point for analytical strength calculations. In the
considerations presented in this paper the semi-circular shape of the compensating
lip is replaced with a model of a curved bar resting in several places on the tooth
tips of the gears.

The presented material is the result of research work conducted under
the project entitled: Development of high-pressure gear pump designs. The
project received funding from Applied Research Programme path A, contract
no. PBS3/A6/22/2015. The research was carried out in the Hydraulic Drives
and Machine Vibroacoustics Laboratory at Wrocław University of Science and
Technology in collaboration with the Hydrotor SA company.

Keywords: Gear pump · Gear pump break-in · High pressure gear pump

1 Introduction

The first pump design with circumferential backlash compensation was based on patent
applicationP.397539 (exclusive right no. PL221099 [16]). Initially, constant lip thickness
gw of 2 mm was assumed in this design (Fig. 1).

This design solution was characterized by high internal tightness, starting from rota-
tional speed n ≈ 500 rpm. Prior to assembly the lips had been bent towards the axis of
the gears to ensure the elastic pressing of the compensating element against the points
of the teeth. Durability tests showed that the structure would reach maximum pressure
ptmax ≈ 5 MPa. Operation above the maximum pressure would result in lip break-
ing (Fig. 2 left side). A material flow effect, indicating stresses equal to or exceeding
the yield point, can be seen in the lip. Figure 2 (right side) shows a larger part of the
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Fig. 1. First version of circumferential compensation with constant lip thickness, acc. to patent
PL221099 (patent application no. P.397539 [16]).

compensating element with a local narrowing, resembling the “neck” occurring in an
elastoplastic material subjected to the tension test. The breaking stress was reached on
the lip’s left side. The character of the lip breakage indicated a separating fracture, while
the elongation of the lip indicates the occurrence of considerable tensile forces due to
friction between the tooth points and the compensating lip.

Fig. 2. Inner casing in first version of circumferential compensation: left side – after durability
tests, right side – view of narrowing in compensating lip cross section.

This means that because of the relatively low strength of the lip this design solution
can be used exclusively in high-efficiency and low-pressure pumps. Considering that
gear pumps are marginally used in low-pressure systems and the tendency to increase
the efficiency [1, 15, 17, 18] and operating pressure of gear pumps [2–5, 14], further
research was focused on increasing the strength of the structure [8]. Designs with lips
of variable thickness [8] with integrated [6, 7, 12] and separable [6, 8, 11, 16] lips were
considered.
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2 Designs with Integrated Lip

Designs with the integrated lip were claimed in patent application no. P.404801 (patent
PL223649 [7]) and in patent application no. P.418261 (patent PL230845 [12]). The idea
of this design solution, covered by patent no. PL223649 (patent application no. P.404801
[7]), is shown in Fig. 3.

Fig. 3. Cross section through internal casing of pump with circumferential backlash compensa-
tion, acc. to patent no. PL223649 (patent application no. P.404801 [7]): 1 – pump’s inner casing,
2 – suction channel, 3 – intertooth space, 4 – gears, 5 – circumferential backlash compensating
lip, 6 – pressure channel, 7 – constant-pressure recess, 8 – channel connecting working chamber
with pressure channel.

Circumferential backlash compensating partition 5 extends symmetrically along the
whole width of gears 4, whereby additional channel 8, located symmetrically in the
flexible partition, had to be introduced. Thanks to this channel the working medium can
be forced from working chamber 3 to forcing channel 6. The forcing pressure acts on
the outer surface of circumferential backlash compensating partition 5 through channels
7. Circumferential backlash compensating partition 5 is simultaneously pressed against
two meshing gear wheels 4.

An exemplary inner casing with circumferential backlash compensation, made acc.
to patent PL223649 (patent application no. P.404801 [7]), is shown in Fig. 4. Lips with
variable thickness were used in this design. Moreover, thanks to the lip’s dovetail shape
the compensation can deform only in the assumed upper range. The displacement limiter
is claimed in patent application no. P.427264 [10].
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Fig. 4. Pump casing with integrated circumferential backlash compensation with variable lip
thickness, acc. to patent PL223649 (patent application P.404801 [7]), and with displacement
limiter acc. to patent application no. P.427264 [10]: 1 – channel connecting constant-pressure
recess with pressure space, 2 – channel connecting working chamber with pressure channel, 3
– circumferential backlash compensating lip, 4 – constant-pressure recess, 5 – working chamber,
6 – outer casing.

3 StrengthCalculations ofCircumferential BacklashCompensation
with Integrated Lip

In order to develop a new method of circumferential backlash compensation a computa-
tional model for determining stresses or displacements in selected critical points needs
to be adopted. Thus a mathematical model of the compensating element load is the start-
ing point for analytical strength calculations. In further considerations the semi-circular
shape of the compensating lip is replaced with a model of a curved bar in several places

Fig. 5. Model of integrated compensating lip load.
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resting on the points of gear wheels. This model also reflects the character of the inter-
action between the lip and the gear wheel. A four times statically indeterminate model
with no support in the place of restraint of the compensating element (a wheel with 10
teeth cut in it) is presented here.

The system of loads in the model is internally balanced with reactions RA, RB, RC ,
RD in the supports, with friction forces TA, TB, TC , pressure p2 on the lip’s outer side, the
pressure linearly increasing from p1 to p2 on the lip’s inner side, reaction forces RE and
moment ME in the restraint point. The lip’s width in the direction perpendicular to the
load surface is constant and amounts to b. Reaction RD was introduced as an equivalent
force resulting from the action of the symmetric integrated lip. Moreover, reaction RD

is perpendicular to the axis of symmetry of the casing, and so to the axis of symmetry
of the integrated lip. Applying the above assumptions to the adopted loading scheme
(Fig. 5) one can write the following three equations describing the stable equilibrium:

∑
Px = RDx + REx + RCx + RBx + RAx + TCx + TBx + TAx − Pb

kx = 0 (1)

∑
Py = RDy + REy + RCy + RBy + RAy − TCy − TBy − TAy − Pb

ky = 0 (2)

∑
ME = ME + RD · cosϕ′′′ · rw · sin(ϕ′ + 2 · ϕz + ϕ′′)

+RC · rw · sin ϕ′ + RB · rw · sin(ϕ′ + ϕz
) + RA · rw · sin(ϕ′ + 2 · ϕz

)

−TC · (
rw − rw · cosϕ′) − TB · (

rw − rw · cos(ϕ′ + ϕz
))

−TA · (
rw − rw · cos(ϕ′ + 2 · ϕz

)) − Pb
k · rw · sin

(
ϕ′+2·ϕz+ϕ′′

3

)
= 0

(3)

Consistently with the Cartesian coordinate system, in formulas (1), (2) and (3) the
following components of the reaction forces and the friction forces were used:

RAx = RA · sin(ϕ′ + 2 · ϕz
)

(4)

RAy = RA · cos(ϕ′ + 2 · ϕz
)

(5)

RBx = RB · sin(ϕ′ + ϕz
)

(6)

RBy = RB · cos(ϕ′ + ϕz
)

(7)

RCx = RC · sin ϕ′ (8)

RCy = RC · cosϕ′ (9)

RDx = RD · sin
(
ϕ′ + 2 · ϕz + ϕ′′)

sin ϕ′′′ (10)

RDy = RD · cos
(
ϕ′ + 2 · ϕz + ϕ′′)

cosϕ′′′ (11)
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TAx = TA · cos(ϕ′ + 2 · ϕz
)

(12)

TAy = TA · sin(ϕ′ + 2 · ϕz
)

(13)

TBx = TB · cos(ϕ′ + ϕz
)

(14)

TBy = TB · sin(ϕ′ + ϕz
)

(15)

TCx = TC · cosϕ′ (16)

TCy = TC · sin ϕ′ (17)

Pkx = Pk · sin ϕc

3
(18)

Pky = Pk · cos ϕc

3
(19)

ϕc = ϕ′ + 2 · ϕz + ϕ′′ (20)

The value of equivalent force Pb
k for the constant load exerted by the hydrostatic

pressure of the liquid on the compensating element amounts to

Pb
k = 1

2
b · rw · (p2 − p1) · ϕc (21)

The above concentrated force is applied in the point corresponding to angle ϕc
3

measured relative to the point of restraint. For the adopted coordinate system XY the
force can be resolved into the following components

Pb
kx = Pb

k · sin ϕc

3
(22)

Pb
ky = Pb

k · cos ϕc

3
(23)

Friction forces TA, TB and TC resulting from the interaction between the tooth point
and the compensating lip can be calculated, assuming uniform pressure, from relation
(24) for friction loss moment ΔM in intertooth gaps versus theoretical momentMt and
hydromechanical efficiency ηhm.

�M = Mt ·
(

1

ηhm
− 1

)
= rw · zT · T (24)

where average friction force T following from the above assumption is

TA = TB = TC = Ti = T (25)
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The average friction force T is applied to the radius rw of the tooth tip. Variable zT
specifies the number of tips of the teeth interacting with the casing and the compensating
element in the gear pump. Relations (24) and (25) can be usedwhen the hydromechanical
losses in the considered pump are known and if a significant predominance ofmechanical
losses over hydraulic losses is assumed. In addition, the distribution of pressures on
the teeth interacting with the compensation was assumed. If the above criteria are not
satisfied, forces TA, TB and TC should be calculated from relations (26), (27) and (28)
describing the kinetic (dynamic) friction forces occurring between the two elements
moving relative to each other. Then the friction forces are linearly dependent on friction
coefficient μ kin being a function of rotational speed μkin = μkin(n). During motion,
friction coefficient μ kin is lower than static friction coefficient μ sta and increases with
rotational speed n.

TA = RA · μkin (26)

TB = RB · μkin (27)

TC = RC · μkin (28)

The value of the friction coefficient μ kin is calculated from the friction loss moment
�M (24), which can be determined aftermeasuring the static characteristics of hydrome-
chanical efficiency ηhm. [5]. The value μ kin determined in this way is overestimated,
because the other friction sources are not taken into account. From the point of view
of strength, this is the most demanding criterion. Acceptance of a higher value for the
coefficient provides overload reserve.

The considered beam is a four times statically indeterminate system. Reactions RA,
RB, RC and RD in the beam’s supports were assumed as statically indeterminate quanti-
ties. Hence in order to calculate them one should additionally formulate five equations
based on Menabrea’s theorem, assuming that the deflection in supports A, B, C and D is
equal to zero.

fA = ∂V

∂RA
= 1

EI

∫ ϕc

0
Mg · ∂Mg

∂RA
dϕ = 0 (29)

fB = ∂V

∂RB
= 1

EI

∫ ϕc

0
Mg · ∂Mg

∂RB
dϕ = 0 (30)

fC = ∂V

∂RC
= 1

EI

∫ ϕc

0
Mg · ∂Mg

∂RC
dϕ = 0 (31)

fD = ∂V

∂RD
= 1

EI

∫ ϕc

0
Mg · ∂Mg

∂RD
dϕ = 0 (32)

Therefore the equations of bending moments in the particular intervals of the beam
are as follows:

– for interval I (0 < ϕ ≤ ϕ′′)
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MI
g (ϕ) = −b · (p2 − p1) · r2w · ϕ2

2 · ϕc
· sin ϕ

3
− RD · rw · sin ϕ′′′ · sin ϕ+

+ RD · cosϕ′′′ · (rw − rw · cosϕ) (33)

MI
g (ϕ) = −b · (p2 − p1) · r2w · ϕ2

2 · ϕc
· sin ϕ

3
− 2 · RD · rw · sin

(
ϕ′′′ − ϕ

2

)
· sin

(ϕ

2

)

(34)

∂MI
g

∂RA
= 0 (35)

∂MI
g

∂RB
= 0 (36)

∂MI
g

∂RC
= 0 (37)

∂MI
g

∂RD
= −2 · rw · sin

(
ϕ′′′ − ϕ

2

)
· sin

(ϕ

2

)
(38)

– for interval II ϕ′′ < ϕ ≤ ϕ′′ + ϕz)

MII
g (ϕ) = MI

g (ϕ)+RA · rw · sin(ϕ − ϕ′′) − TA · [
rw − rw · cos(ϕ − ϕ′′)] (39)

∂MII
g

∂RA
= rw · sin(ϕ − ϕ′′) (40)

∂MII
g

∂RB
= 0 (41)

∂MII
g

∂RC
= 0 (42)

∂MII
g

∂RD
= −2 · rw · sin

(
ϕ′′′ − ϕ

2

)
· sin

(ϕ

2

)
(43)

– for interval III (ϕ′′ + ϕ_z < ϕ ≤ ϕ′′ + 2ϕz)

MIII
g (ϕ) = MII

g (ϕ) + RB · rw · sin(ϕ − (
ϕ′′ + ϕz

))

− TB · [
rw − rw · cos(ϕ − (

ϕ′′ + ϕz
))]

(44)
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∂MIII
g

∂RA
= rw · sin(ϕ − ϕ′′) (45)

∂MIII
g

∂RB
= rw · sin(ϕ − (

ϕ′′ + ϕz
))

(46)

∂MIII
g

∂RC
= 0 (47)

∂MIII
g

∂RD
= −2 · rw · sin

(
ϕ′′′ − ϕ

2

)
· sin

(ϕ

2

)
(48)

– for interval IV (ϕ′′ + 2ϕ_z < ϕ ≤ ϕ′′ + 2ϕz + ϕ′′)

MIV
g (ϕ) = MIII

g (ϕ) + RC · rw · sin(ϕ − (
ϕ′′ + 2 · ϕz

))

− TC · [
rw − rw · cos(ϕ − (

ϕ′′ + 2 · ϕz
))]

(49)

∂MIV
g

∂RA
= rw · sin(ϕ − ϕ′′) (50)

∂MIV
g

∂RB
= rw · sin(ϕ − (

ϕ′′ + ϕz
))

(51)

∂MIV
g

∂RC
= rw · sin(ϕ − (

ϕ′′ + 2 · ϕz
))

(52)

∂MIV
g

∂RD
= −2 · rw · sin

(
ϕ′′′ − ϕ

2

)
· sin

(ϕ

2

)
(53)

Taking into account the equations of bending moments in the particular beam
intervals, expressions 29–32 assume the following form:

ϕ′′∫

0

MI
g

EI
· ∂MI

g

∂RA
dϕ +

ϕ′′ +ϕz∫

ϕ′′

MII
g

EI
· ∂MII

g

∂RA
dϕ +

ϕ′′ + 2·ϕz∫

ϕ′′ + ϕz

M III
g

EI
· ∂MIII

g

∂RA
dϕ +

ϕc∫

ϕ′′ + 2·ϕz

M IV
g

EI
· ∂MIV

g

∂RA
dϕ = 0

(54)
ϕ′′∫

0

MI
g

EI
· ∂MI

g

∂RB
dϕ +

ϕ′′ +ϕz∫

ϕ′′

MII
g

EI
· ∂MII

g

∂RB
dϕ +

ϕ′′ + 2·ϕz∫

ϕ′′ + ϕz

M III
g

EI
· ∂MIII

g

∂RB
dϕ +

ϕc∫

ϕ′′ + 2·ϕz

M IV
g

EI
· ∂MIV

g

∂RB
dϕ = 0

(55)
ϕ′′∫

0

MI
g

EI
· ∂MI

g

∂RC
dϕ +

ϕ′′ +ϕz∫

ϕ′′

MII
g

EI
· ∂MII

g

∂RC
dϕ +

ϕ′′ + 2·ϕz∫

ϕ′′ + ϕz

M III
g

EI
· ∂MIII

g

∂RC
dϕ +

ϕc∫

ϕ′′ + 2·ϕz

M IV
g

EI
· ∂MIV

g

∂RC
dϕ = 0

(56)
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ϕ′′∫

0

MI
g

EI
· ∂MI

g

∂RD
dϕ +

ϕ′′ +ϕz∫

ϕ′′

MII
g

EI
· ∂MII

g

∂RD
dϕ +

ϕ′′ + 2·ϕz∫

ϕ′′+ϕz

M III
g

EI
· ∂MIII

g

∂RD
dϕ +

ϕc∫

ϕ′′ + 2·ϕz

M IV
g

EI
· ∂MIV

g

∂RD
dϕ = 0

(57)

The above model of the pump with circumferential compensation via the integrated
lip (Fig. 5) can be solved using numerical methods, e.g. by means of the Mathematica
software. After carrying out differentiation and integration and taking into account the
static equilibrium conditions one gets the values of statically indeterminate force RE

and statically indeterminate moment ME in the point of restraint, i.e. in the point most
critical as regards the stress intensity of the analysed beam. The above loads produce a
complex stress state in the cross section:

– the shear stress generated by force REy reaches the highest value in the beam’s middle
fibres,

– the flexural stress generated by momentME reaches its maximum in the beam’s outer
fibres,

– the tensile stress generated by normal force REx has a constant value in the beam’s
whole cross section.

Considering the above, the beam with width b and thickness h should satisfy two
strength conditions. The first condition applies to the maximum shear stress kt :

τmax = 3

2
·
∣∣REy

∣∣
b · h ≤ kt (58)

hence hmin(τ ) = 3

2
·
∣∣REy

∣∣
b · kt (59)

The second strength condition specifying the allowable tensile σ r and compressive
stress σ g in the outer fibres, induced by the normal force REx and the bending moment
ME . The second condition applies to the maximum tensile stress kr :

σ = |σr| + ∣∣σg
∣∣ ≤ kr (60)

where σr = REx

bh
(61)

σg = 6 · ME

bh2
(62)

After substituting Eqs. (61) and (62) into (60) one gets the following equation for
the beam’s minimal thickness hmin(σ ):

b · kr · h2min(σ )
− |REx| · hmin(σ ) − 6 · |ME | = 0 (63)

hmin(σ ) =
|REx| +

√
R2
Ex + 24 · |ME | · b · kr
2 · b · kr (64)
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The highest value obtained from formulas (59) and (64) should be assumed as the
minimal beam width hmin, i.e.

hmin = max
(
hmin(τ ), hmin(σ )

)
(65)

The above is the complete methodology for strength calculations of the circumfer-
ential backlash compensating element. The derived relations are valid for designs with
an integrated lip with wrapping angle ϕc of 108–144° and number of teeth z = 10. In the
case of a gear pump with another compensating lip geometry and for a solution in which
a different number of teeth interact with the lip, the above models should be extended
or reduced by adding/removing appropriate equations. Study [6] presents a model for:

– designs with wrapping angle ϕc of 144–180°and number of teeth z = 10 (a four times
statically indeterminate model with a separable lip),

– designs with wrapping angle ϕc of 120–150° and number of teeth z = 12 (a five times
statically indeterminate model with an integrated lip).

A three times statically indeterminate model with a separable circumferential back-
lash compensating lip of variable thickness with wrapping angle ϕc of 108–144° and
number of teeth z = 10 is described in monograph [8]. Publication [11] presents a model
with wrapping angle ϕc = 102°, 132° and 169°, number of teeth z = 10 and with sepa-
rable lip. Additionally, the model in paper [11] allows calculations for gear in a strictly
defined position (the gear tip is located in the place where the lip is attached).

The model for calculating stress in the point of restraint was also validated by FEM
calculations presented in [13]. The calculated maximum stress in the point of restraint of
the integrated compensation did not exceed 300 MPa (Fig. 6) and it is 28.6% lower than
the yield point for alloy PA9 (R0.2 = 420 MPa1). The analytically calculated (using the
above model) shear stress amounted to τ = 187MPa, while the tensile and compressive
stress amounted to σ = 95MPa. According to the HMH hypothesis, reduced stress σzr
for normal stress σ and shear stress τ amounts to:

σzr =
√

σ 2 + 3 · τ 2 = 337MPa (66)

Moreover, it was shown in [13] that the highest stress values in the considered
structures occur in the compensating lip in the region of the opening connecting the
working chamber with the pressure channel (Fig. 6). The high stresses in this place
are due to the considerable narrowing of the integrated lip by the opening connecting
the displacement chamber with the delivery channel. A more detailed analysis of the
results of analytical calculations and validated by FEM will be presented in subsequent
publications.

1 The value of yield stress R0.2 for PA9 was assumed acc. to standard PN-EN 755-2: 2001.
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Fig. 6. Distribution of reduced stress, acc. to HMH hypothesis, in casing with integrated lips for
point of support located in point of restraint of compensating lip [13].

4 Conclusions

The methodology of strength calculation of circumferential compensation presented in
this paper assumes the occurrence of static loads. These loads are the result of hydrostatic
pressure of the working fluid as well as forces and reaction on the contact of the gear
with the body. In the presented analytical model, it was assumed that all hydraulic
and mechanical losses result from friction between the gear vertices and the body. Such
simplificationmeans that the loads assumed in themodel are greater than in reality. In the
context of the strength of circumferential compensation, this is an extremely unfavorable
load case, which indirectly increases the safety factor. The prototype designed based
on the adopted model confirmed the correct strength of the element compensating for
peripheral clearance. The verification of strength was carried out experimentally during
the tests. The experimental tests presented in [6] confirmed the high volumetric efficiency
of the design with the integrated lip and possibilities that the rated pressures can be
increased to 36MPa. Traces of interaction between gears and casing indicate cooperation
on both suction and pressure sides. In conventional constructions, cooperation on the
pressure side does not occur. Since the area without interaction is small (area 2 in Fig. 7)
a slight increase in the wrapping angle should be considered in subsequent constructions
with an integrated lip.

The presented calculation methodology is the starting point for further analyzes.
In the next step, the FEM model should be expanded and compared with analytical
calculations. A more detailed model would allow an analysis of the size of the pump’s
internal gaps. The issue of fatigue strength was also not recognized. Destructive tests
have shown that the lip is damaged at the fixation site (Fig. 8) or a few millimeters



62 P. Osiński

Fig. 7. Traces of interaction between gears and casing in integrated lips acc. to patent PL223649
(patent application P.404801 [7]), and with displacement limiter acc. to patent application no.
P.427264 [10]: 1 – trace of interaction on delivery side, 2 – area without interaction, 3 – traces of
interaction on suction side.

behind it (Fig. 2). Explanation of the cause of the crack point shift requires microscopic
examination of the material structure.

The analysis of the static characteristics of the prototype unit carried out in [6]
indicates that further research aimed at developing a pump design with a pre-loaded
circumferential compensating element is needed. Such a solutionwould be characterized
by greater compliance at lower operating pressure values and would ensure greater
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Fig. 8. Inner casing in first version of circumferential compensation after durability tests.

internal tightness during starting. An example here can be the solution contained in
patent application no. P.427263 [9].
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Abstract. The subject of the study is the analysis of the brake-in process of
high-pressure external gear pumps. Pumps operating under discharge pressure
pt above 30 MPa can be included in the group of highly stressed devices. The
durability of such devices is not only influenced by the choice of materials or
surface quality after machining, but also by first commissioning and initial work-
ing conditions. Hydrostatic drive components, mainly pumps and motors due to
their design require break-in but this process is often overlooked, which can have
a negative effect on the efficiency and durability. The mathematical model shows
that the displacement of gear shafts within the clearance in the bearing depends
on the discharge pressure. It was concluded that the brake-in process should be
conducted with a variable pressure step. On this basis, an attempt was made to pre-
pare the break-in cycle, which is characterized by a constant displacement step of
the gear shaft in the bearings. This newly prepared brake-in process will therefore
ensure an optimal, constant volume of material removal from the housing.

The material presented in the article is the result of research done under the
project “Development of high-pressure external gear pump”.

Keywords: Gear pump · Gear pump break-in · High pressure gear pump

1 Introduction

Reliability and durability of gear pumps [1, 2] and their energy efficiency [3–9] depends
not only on the tooth profile [10–12], technology of manufacture [13–17], usedmaterials
[18] or the conditions in which the pump is operated, but also from the break-in process
[19, 20]. During the process of break-in tooth tips of gears are pushed against the body
of the pump with high force. This cause “milling” of body surface and mechanically
remove excess material. The milling depth depends on the clearance in the bearings and
is associated with the occurrence of hydrostatic pressure on the gears [21]. This pressure
forces indicates the displacement of gears towards the low-pressure suction port [22,
23]. In a properly break-in unit, the width of the break-in trace accurately corresponds
to the width of the gears, which are always made within the tolerances in the production
process. For this reason, it is recommended to pair the active and passive wheels so
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66 P. Osiński et al.

that they are dimensionally as close as possible to each other. This pairing can take
place under the so-called selection group. The correctness of the break-in process can be
pre-determined visually (Fig. 1). The cooperating surfaces are smooth, without visible
scuffing and scratches as well as thermal discoloration [19].

Fig. 1. An example of a correctly break-in body. Experimental pump typeKPF1, ptmax = 40MPa
[19].

Fig. 2. Seal defective due to excessive temperature rise [19].

The introduction of a new generation of high pressure pumps was possible due to
a number of design changes. The new geometry of the gears improved the lubrication
conditions of the tooth tip [24, 25]. Also used alloys with increased abrasion resistance
known for use in slide bearings. Such changes, together with an improperly break-in
process, have very adverse effects as shown in Fig. 3. Thus, the tooth geometry, which
improves lubrication conditions during normal operation, causes the temperature to rise
during the break-in process, and then plasticizes the material, followed by damage to
the associated body components and seals Fig. 2.

Gears with modified tips require a two-step break-in process. In the first phase, the
gears rub in with a sharp, unmodified edge, thus removing excess body material. In
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Fig. 3. Damage to the body and tip of the tooth due to improper break-in process (40 MPa) [19].

the second stage, the wheels work as intended, so the edge improving the lubrication
conditions rubs onto the body [22].

Correctly conducted break-in process does not guarantee properwear of all elements.
Due to the worse thermal conductivity of aluminium bronze, if the critical temperature
is exceeded, thermal discoloration may appear on the surface of the body (Fig. 4).

Fig. 4. The body surface is smooth, despite thermal discoloration (40MPa) and the mating wheel
without visible discoloration [19].

The break-in process also reveals errors in: mapping the involute’s outline, manufac-
turing tolerances,material defects or allows to detect irregularities in the thermochemical
treatment process. An example would be wheels with too much residual austenite or too
little side clearance (Fig. 5).
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Fig. 5. Gear damage as a result of: incorrect thermo-chemical treatment (left), too little side
clearance (right) [19].

2 Gear Position in the Pump Load Process

Pump gears are usually cut directly on the shafts, which are mounted by means of slide
bearings (formerly rolling bearings) in the body. In order for a plain bearing to be able
to carry a given load, it is necessary to apply appropriate clearance. As the load on
the bearing increases, the shaft journal moves in the bush to form an eccentric ε. Such
conditions favour the emergence of a lubricant wedge, which generates a load balancing
lifting force W in the bearing in accordance with the equation [26]:

W = UμεL3

c2
(
1− ε2

)2
π

4

√(
16

π
− 1

)
ε2 + 1 (1)

where:

W — lifting force,
U — slip speed in bearing,
μ — dynamic viscosity coefficient,
ε — eccentricity,
L— bearing length,
c — radial clearance in the bearing,

The smallest clearance height h0 between the shaft and the bearing is determined by
the formula [26]:

h0 = c(1− ε) (2)

From dependencies (1) and (2) it follows that the minimum gap height is a non-
linear function of the loadW , which depends linearly on the discharge pressure pt . The
following diagram (Fig. 6) shows how the discharge pressure pt affects the smallest gap
height in the bearing for various clearances c, resulting from the permissible tolerances
of bearing design (3PW-BPF-24 pumps).
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Fig. 6. The minimum clearance in the bearing depending on the pumping pressure pt , where
max is the largest value of the clearance in the bearing, min - the smallest, while the avg. - the
average [19].

3 Break-in Process

The standard process of break-in gear units consists of periodically loading andunloading
the pump, each time increasing the pressure by a certain constant value - usually by 2, 2.5
or 4 MPa [19]. The operating time of the pump under load as well as the idling time (no
load) between successive pressure increases are usually assumed constant throughout
the process (Fig. 7). Also, the pressure increase gradient is assumed to be constant at
1 MPa/s. It is assumed that the working time under load should not be less than 15 s.
Similarly, the idling time between successive load cycles should be a minimum of 15 s.
This phase of the break-in cycle allows the pump surface to cool down.

In further analysis, due to the non-linear characteristics of the minimum clearance
height under pressure, the absolute and relative journal offset values in the bearing were
introduced:

�h0 = h0(pti+1) − h0(pti) (3)

δh0 = �h0
c

· 100% (4)

Using the above relationships, the values of the smallest clearance height h0 and
the absolute and relative value of the shaft offset in the bearing (�h0 and δh0) were
determined for a standard break-in cycle with a stroke of 2 MPa. The obtained data are
presented in the table below (Table 1). Analysing the relative displacement of the shaft,
it can be observed that the largest displacement occurs at low pressures (depending on
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Fig. 7. The standard process of break-in gear units [19].

the bearing design 3–8.1%), while at maximum pressures the values fall even below
one percent. It can be concluded that the break-in process should be conducted with a
variable pressure step, lower at low pressures, higher at higher.

The above statement implies that break-in process should be conducted with variable
pressure step, so that the value of the displacement between the break-in cycles were
constant. This break-in process will result in a roughly constant volume of body material
being removed [27]. In accordance with this principle, a break-in cycle was developed
(Table 2 and Fig. 8), which is particularly recommended for high-pressure pumps, in
which the body is made of materials with increased resistance to abrasion. It can be
seen a lower increase in pressure amplitude for lower pressures and higher for higher
pressures. The developed cycle can be regarded as universal for units with similar spigot
and bearing geometry
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Table 1. The standard process of break-in gear units [19].

pt [MPa] h0 [mm] �h0 [mm] δh0 [%]

max min max min max min avg.

0 0.02500 0.01500 – - – – –

2 0.02298 0.01456 0.00202 0.00044 8.0 3.0 5.5

4 0.02096 0.01413 0.00202 0.00044 8.1 2.9 5.5

6 0.01895 0.01369 0.00201 0.00044 8.0 2.9 5.5

8 0.01696 0.01326 0.00199 0.00044 8.0 2.9 5.4

10 0.01501 0.01282 0.00195 0.00044 7.8 2.9 5.4

12 0.01314 0.01238 0.00187 0.00044 7.5 2.9 5.2

14 0.01139 0.01195 0.00175 0.00044 7.0 2.9 4.9

16 0.00980 0.01151 0.00158 0.00043 6.3 2.9 4.6

18 0.00841 0.01108 0.00139 0.00043 5.6 2.9 4.2

20 0.00722 0.01065 0.00119 0.00043 4.8 2.9 3.8

22 0.00621 0.01022 0.00101 0.00043 4.0 2.9 3.4

24 0.00537 0.00980 0.00084 0.00043 3.4 2.8 3.1

26 0.00467 0.00937 0.00070 0.00042 2.8 2.8 2.8

28 0.00409 0.00896 0.00058 0.00042 2.3 2.8 2.6

30 0.00360 0.00855 0.00049 0.00041 1.9 2.7 2.3

32 0.00319 0.00814 0.00041 0.00040 1.6 2.7 2.2

34 0.00285 0.00775 0.00035 0.00039 1.4 2.6 2.0

36 0.00255 0.00737 0.00029 0.00038 1.2 2.6 1.9

38 0.00230 0.00699 0.00025 0.00037 1.0 2.5 1.7

40 0.00208 0.00663 0.00022 0.00036 0.9 2.4 1.6

In addition to the pressure values in subsequent cycles, it is important to choose
appropriate working times at the set discharge pressure and idle operation. In order for
the break-in process to be fully effective, it is recommended to experimentally establish
theseworking times.Whenbreak-in thefirst units, the torque behaviour on the pump shaft
must be carefully monitored. After applying pressure, the moment drops initially and
then stabilizes. Time counted fromapplying load to stabilization of torque for each step of
the cycle is important. After testing several test units, the appropriate working time under
load can be determined as the longest time increased by 20–30%. It is recommended
that the working time under the applied pressure is not less than 15 s. The idling time
between successive loads should also be not less than 15 s due to the time needed to
cool the lapped surfaces of the pump. The break-in schedule outlined above (Fig. 8) has
been arranged for the shortest break-in periods - 15s/15s.



72 P. Osiński et al.

Table 2. Break-in cycle according to the principle of a fixed shaft offset step [19].

pt [MPa] h0 [mm] �h0 [mm] δh0 [%]

max min max min max min avg.

0 0.02500 0.01500 - – – – –

1 0.02399 0.01478 0.00101 0.00022 4.0 1.5 2.7

2 0.02298 0.01456 0.00101 0.00022 4.0 1.5 2.7

3 0.02197 0.01435 0.00101 0.00022 4.0 1.5 2.7

4 0.02096 0.01413 0.00101 0.00022 4.0 1.5 2.7

5 0.01996 0.01391 0.00101 0.00022 4.0 1.5 2.7

6 0.01895 0.01369 0.00100 0.00022 4.0 1.5 2.7

7 0.01795 0.01347 0.00100 0.00022 4.0 1.5 2.7

8 0.01696 0.01326 0.00099 0.00022 4.0 1.5 2.7

9 0.01597 0.01304 0.00098 0.00022 3.9 1.5 2.7

10 0.01501 0.01282 0.00097 0.00022 3.9 1.5 2.7

11 0.01406 0.01260 0.00095 0.00022 3.8 1.5 2.6

12 0.01314 0.01238 0.00092 0.00022 3.7 1.5 2.6

13 0.01224 0.01217 0.00089 0.00022 3.6 1.5 2.5

14 0.01139 0.01195 0.00086 0.00022 3.4 1.4 2.4

15 0.01057 0.01173 0.00081 0.00022 3.3 1.4 2.4

16 0.00980 0.01151 0.00077 0.00022 3.1 1.4 2.3

17 0.00908 0.01130 0.00072 0.00022 2.9 1.4 2.2

18 0.00841 0.01108 0.00067 0.00022 2.7 1.4 2.1

20 0.00722 0.01065 0.00119 0.00043 4.8 2.9 3.8

22 0.00621 0.01022 0.00101 0.00043 4.0 2.9 3.4

24 0.00537 0.00980 0.00084 0.00043 3.4 2.8 3.1

26 0.00467 0.00937 0.00070 0.00042 2.8 2.8 2.8

28 0.00409 0.00896 0.00058 0.00042 2.3 2.8 2.6

30 0.00360 0.00855 0.00049 0.00041 1.9 2.7 2.3

32 0.00319 0.00814 0.00041 0.00040 1.6 2.7 2.2

34 0.00285 0.00775 0.00035 0.00039 1.4 2.6 2.0

36 0.00255 0.00737 0.00029 0.00038 1.2 2.6 1.9

38 0.00230 0.00699 0.00025 0.00037 1.0 2.5 1.7

40 0.00208 0.00663 0.00022 0.00036 0.9 2.4 1.6
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Fig. 8. Break-in cycle according to the principle of a fixed journal offset step [19].

4 Conclusions

The break-in process in high-performance units has a significant impact on pump dura-
bility and efficiency. Asmentioned at the beginning, this process is often underestimated,
which can result in damage shown in the pictures (Figs. 2, 3, 4 and 5). Often, due to the
inability to conduct a controlled break-in process for components in the finished device
(hydraulic power supply, drive systems of working machines), elements such as pumps
or engines should be given to the break-in by the manufacturer at automatic stations
designed for this task. Stations of this type should ensure collection and storage of data
from the entire break-in process. In particular, all hydraulic, mechanical and thermal
quantities should be recorded. Hydraulic parameters will allow primarily to assess the
energy efficiency of the pump and the degree of oil contamination. Mechanical param-
eters are mainly the moment measured on the drive shaft. The magnitude of the torque
allows the assessment of mechanical losses of the tested unit. Thermal parameters indi-
cate whether heat energy is properly discharged from the fluid stream energy generator,
which is also one of the main sources responsible for thermal gains [28] generated in a
hydrostatic drive system.

The break-in cycle presented in this article, despite being designated for a specific
unit (3PW-BPF-24), can be treated as approximate for geometrically similar units. In
the case of units belonging to another size group, the cyclogram should be developed in
a manner analogous to the presented example.
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Influence of Gaps’ Geometry Change
on Leakage Flow in Axial Piston Pumps
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Abstract. Axial piston pumps are the core elements of most medium and high-
pressure hydraulic systems. High volumetric efficiency and high working pres-
sures are the main advantages of this type of pumps. Therefore it is necessary to
accurately calculate the leakage flow through the gaps to design efficient high-
pressure pump. The main difficulty of such calculations is the fact, that the gaps
change their geometry during pumping process. The change of gaps’ geometry
can be caused by the motion of pump’s elements or can be pressure-induced. Both
of these factors are included in the article. The paper describes the leakage in: gap
between piston and cylinder block, gap in commutation window, gaps in hydro-
static bearings, gap between commutation plate and cylinder block. The article
includes methodology and results of FEM and CFD simulation of flow through
deformed and undeformed gaps. Basing on the CFD results the mathematical
models of such gaps were prepared and added to the article.

Keywords: Hydraulics · Pumps · CFD

1 Introduction

Axial piston pumps are the core elements of most medium and high-pressure hydraulic
systems. Thanks to their high volumetric efficiency, high working pressure and potential
to work as variable displacement machines they are considered one of the most versatile
hydraulic pumps. They are the only type of pumps that are used in closed loop circuits
and dominated the market of variable displacement pumps used in medium and high-
pressure open circuits. Thanks to this features the engineers are facing a hard challenge
to develop new, evenmore efficient pumps, that can beat the competition. To increase the
efficiency of the piston pumps it is necessary to lower the leakage flow rate through the
gaps. The problems of gap flow is well described in the literature [1]. However most of
the mathematical models are stationary and does not include the change of gap geometry
caused by the motion of pump elements or by deformation of these elements.

1.1 Design of Axial Piston Pumps

To fully understand how these gaps are changing it is necessary to shortly describe two
types of axial piston pumps that are the subject of the article. First is the axial piston
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pump with plate commutation (Fig. 1) and the second is axial piston pump with cam
driven commutation (Fig. 2), which is designed and developed at Gdansk University
of Technology [2]. The first type is the most common. It consists of a shaft 1 that is
combined with rotary cylinder block 3. Pistons 4 are rotating with cylinder block and
are cooperating with stationary, slanted swash plate 7 using slippers 6. The reciprocating
movement of pistons cause the pumping and sucking of the fluid. The commutation
plate 5 (Fig. 1b) is responsible for connecting right channels during pumping and sucking
process, in order to ensure, that the fluid is pumped out of the high-pressure outlet P and
sucked through the low-pressure inlet S (Fig. 1c). During the switching process working
chamber may be disconnected from both P and S channels, what will depending how this
channels overlay or not the channel in the cylinder block during the switching process.

Fig. 1. Axial piston pump with plate commutation [3]: a) cross section of the pump; b) commu-
tation plate c) basics of operation of commutation unit (1 – shaft; 2 – casing; 3 – cylinder block;
4 – piston; 5 – commutation plate; 6 – slipper; 7 – swash plate; P – outlet; S – inlet; red color
– high pressure; blue color – low pressure, yellow color – disconnected channel to the working
chamber).

The second type of the axial piston pump that is taken into consideration is the
PWK axial piston pump with cam driven commutation (Fig. 2). The main difference of
this pump is that there are two groups of pistons 4 placed inside a stationary cylinder
block that is a part of a casing 2. The pistons movement is generated by the rotating
swash plates 7 connectedwith shaft 1. Such configurationmakes it impossible to use plate
commutation.Therefore camdriven commutationmechanismwasused.Thismechanism
consists of commutation tubes 9 cooperating with cam 11 through plastic slippers 10.
The cam 11 is rotating with the shaft 1. Its movement pushes the commutation tubes 9,
so that the commutation window can connect a working chamber with P channel during
pumping process and S channel during suction. The pump enables the displacement
change by changing cam 11 position relative to the shaft 1. The displacement change
is obtained thanks to the mechanism consisting of a stepper motor 14, planetary gear
13 and connecting shaft 12. In case of the pump with cam driven commutation the
displacement change does not directly affect the value of the leakage flow rate, because
the angle of the swash plate remains constant. The displacement impacts indirectly the
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leakage flowrate only during short time, when the working chamber is cut off by the
commutation. Although this phenomenon is very important when calculating pressure
peaks [4], due to its short time of occurrence it can be treated as negligible in overall
leakage calculations. In case of pumps with plate commutation the displacement change
affects the leakage flowrate, because the angle of the swash plate changes and this affects
values of forces working on the pistons what is included further in the article.

Fig. 2. PWK axial piston pump with cam driven commutation (1 – shaft; 2 – casing; 3 – bronze
sleeve; 4 – piston; 5 – spiral choke; 6 – slipper; 7 – swash plate; 8 – separator plate; 9 – commutation
sleeve; 10 – plastic slipper; 11 – cam; 12 – connecting shaft; 13 – planetary gear; 14 – stepper
motor; P – outlet; S – inlet; red color – high pressure; blue color – low pressure, green color
– casing pressure) [3].

1.2 Main Leakage Sources in Axial Piston Pumps

In both described types of axial piston pumps the sources of leakage (Fig. 3 and 4) are
similar:

– leakage through an annular gap between the piston and cylinder block (Fig. 3 and 4
purple color),

– leakage through a hydrostatic bearing under a slipper (Fig. 3 and 4, red color),
– leakage through a gap in commutation (Fig. 3 and 4, green color).

Only in case of a pump with plate commutation, there will be an additional leakage
source through a hydrostatic bearing under a cylinder block (Fig. 4, orange color).

Almost every mentioned above gap change its shape when the pump is working.
This change can be a result of a movement of elements or may be caused by pressure
growth. Additionally thermal deformations are also possible, however they will not be
taken into consideration in this article, but the interested reader will be able to find lots
of information about them in the literature [6, 7].
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Fig. 3. Leakage sources in PWK axial piston pump with cam driven commutation (red – leakage
through a hydrostatic bearing under a slipper; green – leakage through a commutation window;
purple – leakage through an annular gap around piston; light blue – low pressure, pink – high
pressure) [4].

Fig. 4. Leakage sources in axial piston pump with plate commutation (red – leakage through
a hydrostatic bearing under a slipper; green – leakage through a commutation window; purple
– leakage through an annular gap around piston; orange – leakage through a hydrostatic bearing
under cylinder block; light blue – low pressure, pink – high pressure) [5].

2 Models of Leakage Flow Rate in Gaps

Since the internal leakage of the pump is hard tomeasure, and distinguishing its source is
even harder, CFD and mathematical models were prepared. Their main task is to predict
the value of leakage flow rate through each gap.
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2.1 Annular Gap Around Piston

Definition of the flow rate through an annular gap around piston is very much similar
in both types of axial piston pumps. It has been described in [1, 12–15] The simplified
sketches of the possible gap geometries are presented in Fig. 5. The annular gap can be
coaxial, eccentric or skewed, however fast moving piston has tendency to position itself
parallel to the cylinder. Therefore eccentric gap will be taken into further consideration.
If the gap is considered non-deformable and the flow is assumed laminar, the equation
defining the flow rate can be noted as [1]:

QA = π · �pA · dt · h3A
12 · v · ρ · Lt

(
1 + 1.5(ε)2

)
(1)

where:

�pA – pressure drop between the inlet and the outlet of the annular gap,
dt – diameter of the annular gap,
hA – annular gap height,
Lt – annular gap length,
ν – fluid’s kinematic viscosity,
ρ – fluid’s density,
ε = e/hA – eccentricity of the piston,
e – eccentric displacement.

Fig. 5. Annular gap: a) coaxial; b) eccentric; c) skewed [4]

The Eq. (1) can be considered as correct for pumpswith plate commutation, since the
pistons are fitted directly into virtually thick and rigid cylinder block. Pistons in pumps
with cam driven commutation are fitted in relatively elastic commutation sleeves which
can be deformed by pressure. Using Lamé’s Eq. (2) [8] to determine radial deformation
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�r, of a sleeve and Eq. (1), Eq. (3) was derived [4].

�r = �pA

{
d2
tulw

2E
(
d2
tulz − d2

tulw

)
[
(1 − υ)dtulw + (1 + υ)

d2
tulz

dtulw

]}
= �pA · A (2)

QAdef = π · dt
12 · v · ρ · Lt

(
�p4A · A3 + 4hA · �p3A · A2 + 6h2A · �p2A · A + 4h3A · �pA

4
+ 1.5ε2 · hA · �pA+

0.75A · �p2Aε2
)

(3)

where:

E – Young modulus,
dtulz – external diameter of a sleeve,
dtulw – internal diameter of a sleeve,
υ – Poisson’s ration.

Using the Eq. (3) it is possible to calculate the flow rate through the deformable annular
eccentric gap. It includes the fact that the pressure at the inlet of the gap is much higher
than in the outlet. Therefore the gap height will be greater on the inlet side then on the
outlet.

2.2 Slipper-Swash Plate Gap

One of the most important gaps in every piston pump is the gap between slipper and
swash plate. The leakage through this gap is necessary for supporting hydrostatic bearing
between cooperating elements. The created gap is a radial gap limited by diameters dphsw
and dphsz (Fig. 6).

Fig. 6. Sketch of the piston and slipper [4]

To calculate the flow through it, the pressure pphs in the hydrostatic bearing has to
be determined. Using the force equilibrium:

Ft = Fphs cosξ, (4)

Equation (5), is derived:

pphs = (
pp − pc

) ·
2 · d2

t · ln
(
dphsz
dphsw

)

d2
phsz − d2

phsw

cos ξ (5)
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where pp is pumping pressure and pc is the casing pressure.
Flow rate through the radial gap, if this gap is nondeformable might be calculated

using the equation:

Qphs = π · pphs · h3phs
6 · v · ρ · ln

(
dphsz
dphsw

) (6)

Unfortunately gap height hphs is hard to determine. Therefore the Eq. (6) is difficult to
use without numerical methods. To overcome that problem the flow can be indirectly
calculated using Eq. (7) [9] defining the flow in spiral choke (Fig. 7):

Qphs = kdl

(
pp − pph

) · h4dl
v · ρ · Ldl (7)

where:

kdl – geometry coefficient,
Ldl – length of a spiral.

Fig. 7. Sketch of a spiral choke [4]

kdl coefficient is obtained from CFD simulation equals 0,087. Finite element model
used to compute kdl coefficient was prepared (Fig. 8). It consisted of 400 000 hexahedral
elements, didn’t include heat transfer and was calculated in ANSYS CFX using SSQ
turbulencemodel. The inlet and outlet boundary conditionswere applied on the opposing
ends of the spiral choke. To the rest of the model walls, the no-slip wall boundary
condition was applied. CFD model proved to be accurate comparing to the results of
measurements presented in [9].

Since themethod of calculating the flow in slipper-swash plate gap is indirect, it is not
highly sensitive to the gaps height variation. To assess how the deformation of the gap,
caused by pressure, can impact gap height, resulting in change of pressure distribution,
the FEM calculations were conducted. Slipper FEM model (Fig. 9) consisting of 38945
mainly hexahedral finite elements and loaded with pressure gradient with maximal value
of 25 MPa applied to the slipper pocket. This pressure will appear in hydrostatic bearing
when the pumping pressure is pp = 30 MPa. The slipper is supported using frictionless
support marked as blue region in Fig. 9a, and by elastic support marked as yellow
region. This support was very elastic and didn’t affect the solution, but stabilized the
solver. Considering these boundary conditions the height of radial gap may increase
locally only by 0,6 μm. This will not influence the pressure distribution significantly.
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Fig. 8. Model of a spiral choke used in CFD calculations.

Therefore the influence of the deformation, caused by the pressure can be treated as
negligible when using Eq. (7).

Fig. 9. Slipper deformation FEM model and results: a) mesh and supports, b) load pressure
gradient, c) deformation of the gap.

The elastohydrodynamic lubrication effects also should be taken into consideration,
because themotion of the fluid film, caused by pistons or swashplate rotation, can change
the pressure gradient under the slipper, positioning the slipper under slight angle to the
swash plate. This phenomenon would be very important when calculating the flow rate
directly through a slipper using Eq. (6). However assuming that the hydrostatic pressure
in a pocket under the slipper is relatively high and its changes, even considering the
EHL effects, are not significant, the indirect calculations of the flow through a choke in a
piston, would give good results with reasonably low error, maintaining relatively simple
mathematical notation (7), in comparison with direct calculations which will have to
include FSI numerical solution to obtain accurate results.

For pumps with different chokes inside the pistons, Eqs. (4) and (5) are still applica-
ble, however Eq. (7) has to be replaced with the other equation corresponding with the
right choke type.

2.3 Commutation Gap

Commutation gap is a gap that is created between the commutation window and inlet or
outlet channels. The flow through this gap is very specific for every pump. It strongly
depends on the shape of commutation window and on the position of cylinder block or
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commutation sleeve. Additionally this gap rapidly changes its length and is only opened
for a short time when the commutation window is in a position between inlet and outlet
channels. Commutation gap is a dynamic and complex gap. Flow through this gap cannot
be accurately calculated without doing experimental measurements or using CFD tools.
Therefore in this article the commutation gap leakage flow rate calculation is shown on
an example of a pump with cam driven commutation. The simulations were conducted
for the commutation window in the commutation sleeve. The model used for simulation
is presented in Fig. 10.

The CFD model included: commutation window inside the sleeve, low pressure
channel and annular gap between them. In the model the window is moving away from
the channel so that the flow between them occurs only through the annular gap. The
results of simulation are shown in Fig. 11.

Fig. 10. Model of gap in commutation window: a) full model, b) model of the window, c) annular
gap.

Fig. 11. Flow rate through the commutation gap in function of pressure and gap length calculated
using the CFD model presented in Fig. 10 [4].

Sketch of the gap used for further analytical calculations is presented in Fig. 12.
Mathematical model of the commutation gap (Fig. 12) is defined with the equation

[4]:

Qok = Qlam · f (bok) + Qtur · (1 − f (bok)) (8)

where:

f(bok) is the transition function given by empirically specified logistic function [4]:

f (bok) = 1

1 + e
−18

(
bok

5[mm]+1
) (9)
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Fig. 12. Sketch of the commutation gap.

Qlam is the laminar component of the flow and is given by the equation [4]:

Qlam = (pp − pc) · dtulz · h3ok
12 · ν · ρ

⎡
⎢⎢⎣

σo

bok
+

σk∫
σo

dσ

bok + rok −
√
r2ok −

(
dtulz
2 sin σ − Lok

2 + rok
)2

⎤
⎥⎥⎦

(10)

Qtur is the laminar component of the flow and is given by the equation [4]:

Qtur = hok · Lok
√
2(pp − pc)

ζok · ρ
(11)

where ζok is the empirical flow resistance coefficient.

2.4 Cylinder Block Commutation Plate Gap

The last and themost complex gap is the gapbetween cylinder block and the commutation
plate. The fluid film in this gap provides a hydrostatic bearing which supports rotating
cylinder block, which is pushed towards the stationary commutation plate by the forces
from pistons and pressures inside the working chambers. The distribution of the pressure
in the gap is presented in Fig. 13a [11]. This pressure gradient constantly changes,
depending on the position of the cylinder block. This gradient should cancel the forces
mentioned earlier, but because of the fact that number of pressurized working chamber is
constantly changing (Fig. 1c), and because of a geometric features of the cylinder block
and the commutation plate, value and position of the gradient isn’t ideal, what causes
the gap to be skewed, as its shown in Fig. 13b.

Additionally the flow in the commutation gap doesn’t occur only to the casing of the
pump but it also occurs between the channels in the commutation plate, therefore the
flow rate through gap depends on an angular position of the cylinder block (Fig. 1c) and
the overlap of commutation window, which will determine for how long the working
chamber may remain cut off from both channels in the commutation plate. This may
lead to a sudden change of pressure in the working chamber and cause an appearance
of unbalanced forces in the hydrostatic bearing which may lead to a temporary leakage
flowrate change.
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Fig. 13. Gap between cylinder block and commutation plate a) pressure distribution in the gap
[11] b) gap shape [2].

Theonly accuratemethodof determining theflow rate through this gap is theCFDand
structural FEM analysis. Unfortunately, description of this method exceeds the capacity
of that article. Therefore it is recommended for the interested reader to check the articles
[10, 11] and especially a book [2] from, which some of the results are presented in next
chapter.

3 Results and Discussion

Using the equations from the previous chapter Fig. 14, 15, 16, 17 were created. Figure 14
presents the comparison of the flow through a deformable annular eccentric gap between.
As it is presented the influence of gap deformation is considerable, therefore omitting this
phenomenon is not recommended especially in pumps with cam driven commutation.
Such big difference is caused by the fact, that in Eq. (3) gap height is in third power.
Therefore, if height of the undeformed gap is about 10 μm and the radial deformation
can exceed 5 μm, the flow rate through the gap can increase over 3.3 times.

Flow rate through the gap between a single slipper and swash is presented in Fig. 16.
The chart presents difference between the results of CFD simulations (red) and results of
calculations using Eq. (7). As it is visible the chart obtained from simulations is a little
nonlinear,which indicates that the flow is not fully laminar.However the analyticalmodel
(7) assumes the laminar flow. The difference between the simulation and calculations is
small and for most needs can be treated as negligible.

The flow rate through the gap in commutation window is presented in a Fig. 17. On
the chart the analytical and CFD models are compared. Compatibility of the results is
between 80–90%, what in most cases can be assumed as good convergence, especially
taking into account the fact, that the gap is opened only for a short period, when the
commutation window is between the inlet and outlet channel. For the rest of a time,
when the length of the gap exceeds 1 mm the flow rate through it is negligible.

The flow rate Q through the gap between the cylinder block and commutation plate
is supposed to be responsible for 30–50% [10] of volumetric losses in piston pumps.
Additionally it is highly dependable on angular position ϕ of the cylinder block. Unfor-
tunately all the simulation in the literature [2, 10] does not separate the flow through this
gap to the casing and between the channels in the commutation plate. The example of
this results are shown in Fig. 17.
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Fig. 14. Flow rate through the annular gap between the piston and cylinder [4]: red - nonde-
formable central gap; yellow – deformable central gap, blue – deformable eccentric gap.

Fig. 15. Flow rate through the spiral choke and slipper-swashplate radial gap: red – simulation
result, blue – result of calculations using Eq. 7 [4].

Fig. 16. Flow rate through the commutation gap

The presented in Fig. 17 results of CFD simulation show also the influence of the
overlap and usage of unloading groves on the flow rate. Figure 17 presents that when
zero or positive overlap is used, the significant flowrate spikes can be observed. As it was
written before the unbalanced forcesworkingon the cylinder block cause the deformation
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Fig. 17. Leakage flow rate through a gap between the cylinder block and the commutation plate
[2]: QD – positive overlap; QZ – zero overlap; QR – unloading groves

of the gap and as a consequence sudden flowrate change. Usage of the unloading groves
in the presented model decreased the flowrate spikes and overall leakage compering to
positive overlap. The model used to prepare Fig. 17, didn’t include compressibility of
the fluid therefore the flowrate spikes would be lower, thanks to fluid compression.

Unfortunately the values presented by the authors of publications [2, 10, 12] despite
presenting the similar tendencies, are not the same. This may be the result of different
assumptions and different research objects.

4 Conclusion

Using themethods shortly described above, it is possible to assess the leakage of the pump
without building prototypes and conducting expensive laboratory tests. In most cases
analytical models were prepared and verified using CFD simulations. The verification
confirmed that the maximal error of the presented models does not exceed 20% and in
most cases is even significantly lower.

Only the model of a gap between cylinder block and commutation plate proved to
be too complex to reliably simplify it to mathematical equation. Therefore in the future
it is planned to conduct a series of simulations, to build a bigger data base of results and
make another attempt to analytically describe the flow through a gap between cylinder
block and commutation plate.

It would be also advisable to conduct a series of laboratory test to verifymodels using
experimental methods. Unfortunately it is very hard separate the sources of leakage from
each other in working pump. Therefore the only reliable method is tomeasure the overall
leakage and comparing it to the sum of leakage flow rates obtained from simulations or
calculations.
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Abstract. A method to generate an asymmetric gerotor gearset based
on an elliptical outer gear tooth rotated about its center is presented.
While this profile type has been known since the mid 20th century, it has
yet to be discussed in scientific literature. A case study is performed to
quantify the effects of asymmetry on the size, flow ripple, wear rate, and
contact stress of two pumps with the same geometric displacement. The
results showed that applying asymmetry can have either a positive or a
negative effect on each of the performance goals depending on the values
of the other input parameters.

Keywords: Gerotor · Optimization · Gear geometry · Hydraulic pump

1 Introduction

Gerotor pumps are among the most common positive displacement pumps
because of their low cost, manufacturability, durability, low noise, and low outlet
flow ripple. They use a special internal gearset with one tooth difference, where
each tooth of the outer gear contacts the inner gear throughout their rotation.
Discrete control volumes are present between the teeth of the gears that are
sealed by the contact points. These volumes increase and decrease in size with
rotation, which is used to generate a pumping action. The most common appli-
cations for gerotor pumps are in low-pressure applications such as pre-charge,
lubrication, automatic transmission, and fuel pumps.

Recent trends in Fluid Power, such as electrification, are imposing new chal-
lenges for gerotor pumps to be more compact; energy efficient; quiet; and to
operate at higher speeds, pressures, and with lower viscosity working fluids than
in the past [5,8]. Much of the recent research in gerotor design has been focused
on these challenges by developing fluid dynamic and lubrication models (Castilla
and Gamez-Montero et al. [2], Altare and Rundo [1], and Pellegri and Vacca [9]
or on using advanced plastics for the gear material Stryczek et al. [11]). However,
the shape of the gears is another area of research that can offer an increase in
performance.

A significant challenge in designing a gerotor gearset is that an infinite num-
ber of curve types can be used to generate a suitable gerotor gearset, and an

c© The Editor(s) (if applicable) and The Author(s), under exclusive license
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infinite number of curves within each profile type exist. This is in contrast to
spur gears for power transmission applications, where the involute is widely
accepted as the best type of tooth shape. Several different profile types for gero-
tors have been described in literature and refer to the shape of the outer gear
tooth. Examples include circular [4], cycloidal [3], elliptical [4], hypotrochoidal
[7], and sinusoidal [4]. Other novel profile types almost assuredly exist that can
offer improvement over these standard profile types.

An example of a novel profile type that could offer improvement is an asym-
metric profile, an example of which could be using an ellipse that is rotated
about its center. This profile type was first described in a patent by Hill [6], who
claimed that the asymmetry can lead to a better pressure angle between the
gears, which can lead to reduced wear and contact stress. However, a descrip-
tion of this profile type and evaluation of these claims are absent from scientific
literature.

The goal of this work is to give a description of how to generate an asymmetric
gerotor profile using an outer gear tooth formed by an ellipse rotated about its
center and to show how the asymmetry can affect the dimensions of a pump for
a given displacement and the kinematic flow ripple. This lays the foundation for
a more detailed study of the potential advantages of an asymmetric gearset in
comparison to conventional profile shapes.

2 Profile Description

Although an asymmetric gerotor may appear to be more complicated than a
conventional gerotor, it can be generated in the exact same way. Nearly any
smooth curve can be selected as the outer gear tooth, and then a matching inner
gear is generated by applying the Law of Gearing. The Law of Gearing states that
for two curves to transmit rotational motion at a constant ratio, the common
normal to the curves must pass through the pitch point. The basic tooth form for
an asymmetric gerotor is in shown in Fig. 1. Parametric equations to describe the
tooth are given by Eqs. (1) and (2), where x and y are the abscissa and ordinate
of the outer gear respectively parameterized on the interval −π ≤ φ ≤ π. The
gearset has m outer gear teeth and m−1 inner gear teeth. In this case, the outer
gear root is formed by an arc of a circle with radius rr concentric with outer
gear. Any shape can be used for the root provided it does not cause interference,
and fillets can be added to connect the elliptical tooth to the circular root to
reduce stress concentrations, to reduce bending stress, and to ease manufacture.
The shape of the outer gear root does not affect the displacement and flow ripple
of the pump, but it does influence its packaging size and inlet flow velocity.

x = ρ − d cos(φ) cos(α) + k sin(φ) sin(α) (1)

y = d cos(φ) sin(α) + k sin(φ) cos(α) (2)

After the outer gear tooth has been defined, the inner gear can be generated
using the approach given by Colbourne [4]. In this approach, a kinematic inver-
sion is performed so that the outer gear is fixed, and the inner gear orbits about
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Fig. 1. Outer gear tooth formed by an ellipse rotated about its center for m = 7,
ρ = 25 mm, d = 10 mm, k = 5 mm, α = 25◦, rr = 21 mm

the outer gear center. This is illustrated in Fig. 2. As the inner gear orbits, its
axes ξ, η will rotate clockwise by the angle ψ relative to x, y. The line of centers
will then rotate by (m − 1)ψ in the counterclockwise direction. Note that two
solutions for ψ exist for every point of the outer gear tooth. They correspond to
the two times each point of the outer gear tooth contacts the inner gear. This
is represented in Fig. 2, where the blue and red curves show the position of the
inner gear as it orbits and makes contact with the same point on the outer gear.
The common normal to the curves is shown in black and intersects the outer
gear pitch circle twice, and a magnified view of the coordinate axes is also shown
in Fig. 2.

The two relative rotation angles are found for each point on the outer gear,
and then a coordinate transformation is performed to give the coordinates of the
inner gear relative to its center. The relative rotation angles are given by Eq. (3),
where derivatives are taken with respect to φ, and the four quadrant arctangent
function is used. The angle ψ is related to the outer gear rotation angle in the
standard reference frame with the line of centers fixed by Eq. (4), where θo is
the outer gear rotation angle. A zero value of θo corresponds to the point shown
in Fig. 4. In this way, the outer gear rotation angle at which each point of the
outer gear tooth contacts the inner gear can be found explicitly. After angle ψ
is determined, a coordinate transformation is performed to give the coordinates
of the contact point with respect to the inner gear center in Eqs. (5) and (6),
where ξ and η are the abscissa and ordinate of the inner gear respectively, and
e is the center distance (eccentricity) of the gearset. This gives the inner gear
tooth in three sections shown in Fig. 3. The primary contact region in Fig. 3
is shown in black, corresponds to ψ1, and has a positive pressure angle. The
secondary contact region is split in two parts shown in red and blue in Fig. 3.
The red portion corresponds to positive values of ψ2, while the black portion
corresponds to negative values of ψ2. After the inner gear tooth is defined, both
the inner and outer gear can be formed by rotating the tooth about its respective
center as shown in Fig. 4.
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Fig. 2. Illustration of kinematic inversion for a gearset of m = 7, e = 2 mm, ρ = 25 mm,
d = 10 mm, k = 5 mm, α = 25◦

ψ1,2 =
1

m − 1
atan

(
y′(xx′ + yy′) ∓ x′√m2e2(x′2 + y′2) − (xx′ + yy′)2

x′(xx′ + yy′) ± y′√m2e2(x′2 + y′2) − (xx′ + yy′)2

)
(3)

θo = −(m − 1)ψ (4)

ξ1,2 = −e cos(mψ1,2) + x cos(ψ1,2) − y sin(ψ1,2) (5)

η1,2 = −e sin(mψ1,2) + x sin(ψ1,2) + y cos(ψ1,2) (6)

O Primary Contact ( )

Secondary Contact (+

Secondary Contact (

Fig. 3. Inner gear tooth formed by an ellipse rotated about its center for m = 7,
e = 2 mm, ρ = 25 mm, d = 10 mm, k = 5 mm, α = 25◦

Only a portion of the outer gear tooth will contact the inner gear, as only the
points on the outer gear tooth whose normal line intersect the pitch circle can
satisfy the Law of Gearing. The minimum and maximum values of the allowable
gear parameters are given by φm1,2 and are found by finding the two solutions
to Eq. (7) on the interval −π ≤ φ ≤ π. The points with parameters φm1,2 have



94 A. J. Robison and A. Vacca

C O

Fig. 4. Gerotor gearset using an asymmetric elliptical outer gear tooth for m = 7,
e = 2 mm, ρ = 25 mm, d = 10 mm, k = 5 mm, α = 25◦, rr = 21 mm

corresponding relative rotation angles ψm1,2 . These two points are illustrated in
Fig. 5, where the normal lines to the tooth curve at those points are tangent to
the outer gear pitch circle. For contact at these two points, the pressure angle is
zero and ψ1 = ψ2 = ψm.

m2e2(x′2 + y′2) − (xx′ + yy′)2 = 0 (7)

C
(m-1) m,1

(m-1) m,2

(xm,1,ym,1)

(xm,2,ym,2)

x

y

Fig. 5. Illustration of limits of outer gear tooth that contact the inner gear

The maximum allowable center distance for the asymmetric gerotor is found
by first finding the two points on the outer gear tooth whose tangent line has a
slope of zero denoted as (xmax1,2 , ymax1,2), which correspond to points with gear
parameters φmax1,2 given by the two solutions to Eq. (8). The maximum allowable
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center distance is given by emax in Eq. (9). If e > emax, no point on the outer gear
tooth has a normal line that is tangent to the pitch circle, so continuous action
throughout the whole rotation does not exist. However, usually cusps will form
in the inner gear with increasing center distance before reaching this condition.

φmax1,2 = atan
(

k

d
cot α

)
(8)

emax =
1
m

min {xmax1 , xmax2} (9)

The number of input variables required to define the gerotor gearset can be
reduced by using three non-dimensional parameters in addition to the number
of teeth and the tooth angle α to describe the aspect ratios of the gearset. The
non-dimensional parameters used are defined in Eqs. (10)–(12), where λp is the
ratio of the pitch circle radius relative to the tooth position, λd is the tooth size
ratio, and λt is the tooth aspect ratio. A pump with a certain aspect ratio can
then be scaled to achieve a desired displacement for a given face width.

λp =
me

ρ
(10)

λd =
d

ρ
(11)

λt =
k

d
(12)

Not every combination of non-dimensional input parameters can give a geo-
metrically feasible pump without cusps or self intersections. Each of the ways an
infeasible geometry can be generated are illustrated in Fig. 6. In (a), the tooth
extends past the gear center due to the combination of a high value of both
λt and α. The center distance is too great for continuous contact in (b), as no
normal line to the bottom half of the tooth can be tangent to the pitch circle. In
(c), the minimum allowable root radius does not intersect the outer gear tooth.
Then in (d), the outer gear teeth overlap before they intersect the root. Lastly
in (e), the inner gear contains cusps that form when using too great of a center
distance.
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(a) (b)

(d)

meC

C C rr,min

(c)

C O

(e)

Fig. 6. Illustration of infeasible pump geometries

3 Effect of Asymmetry

A case study was performed on two reference pumps using different tooth rota-
tion angles to see how asymmetry affects the size, flow, wear, and contact stress
of a pump. The pumps used for the study are shown in Fig. 7 at different tooth
rotation angles. A value of α = 0 corresponds to a symmetric gerotor, so a com-
parison between symmetric and asymmetric gerotors can be made. The pumps
were all scaled to have a geometric displacement of 10 cm3/rev for a 1 cm face
width. The minimum allowable root radius for pumps as a function of tooth
rotation angle for is shown in Fig. 8. For the pump with λt < 1, the minimum
allowable radius increased by applying asymmetry. However for the pump with
λt > 1, the minimum allowable radius was decreased by applying asymmetry.

The kinematic flow ripple per unit face width for gerotor is defined in Eq. (13),
where qj is the contribution from the jth displacement chamber defined in
Eq. (14). Applying asymmetry to the two reference pumps resulted in a change
of both phase and magnitude in the kinematic flow ripples as shown in Fig. 9,
where the flow ripples are plotted for α = −45◦, α = 0◦, and α = 45◦.

Q =
m∑

j=1

qj (13)
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=-45 deg =0 deg =45 deg

Fig. 7. Illustration of pumps used in case study to observe the effect of changing α.
Top: m = 7, λp = 0.65, λd = 0.3, λt = 0.7. Bottom: m = 7, λp = 0.65, λd = 0.3,
λt = 1.3

qj =

{
−dAj

dθi

dAj

dθi
≤ 0

0 dAj

dθi
> 0

(14)

The difference between the flow ripples can be quantified by using the signal
power of the ripple defined in Eq. (15). The signal power accounts for the energy
in the ripple across all the frequencies, and it is plotted for both the reference
pumps over the full range of α in Fig. 8. Applying asymmetry increased the flow
ripple for the pump with λt < 1, but decreased it slightly for λt > 1.

Ē =
m − 1

2π

∫ 2π
m−1

0

[
Q(θi) − Q̄

]2
dθi (15)

The shape of the gear profiles has a significant effect on the wear the profiles
in operation, and the amount of wear can be quantified by the classic Archard
wear model in Eq. (16), which predicts that the volume of worn material W is
generally proportional to the work done by friction. In Eq. (16), F is the contact
force, S is the sliding distance, and H is the material hardness. If small clearances
on the order of 10–100µm are introduced between the gears for manufacturing
tolerances and the bearings are assumed to be stiff, the number of points in
contact would be reduced to one. If only one point makes contact, the contact
force can be determined directly from the required torque, position of the contact
point, and pressure angle. The Archard model can then be normalized to the
operating conditions, face width, and material properties to give a normalized
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Fig. 8. Left: Effect of varying α on the minimum allowable root radius for the two
reference pumps. Right: Effect of varying α on the flow ripple signal power for the two
reference pumps

Fig. 9. Left: Effect of varying α on the flow ripple for a pump with m = 7, λp = 0.65,
λd = 0.3, λt = 0.7. Right: Effect of varying α on the flow ripple for a pump with m = 7,
λp = 0.65, λd = 0.3, λt = 1.3.

wear rate W in Eq. (17) that is dependent only on the gear geometry, where
F is the normalized contact force, S is the normalized sliding speed, Δp is the
operating pressure, and ωi is the inner gear rotation speed. The kinematic flow
is used to predict the normalized contact force defined in Eq. (18), where ri is
the position of the contact point with respect to the inner gear center and n̂ is
the unit normal vector of the gear profiles at the contact point. The normalized
sliding speed is then defined in Eq. (19), where vi and vo are the velocities
of the contact point on the inner and outer gear respectively, and t̂ is the unit
tangent vector of the gear profiles at the contact point. Note that a more detailed
description of the normalized wear rate is given in previous work [10].

W =
KFS

H
(16)

W =
WH

KhΔpωi
= FS (17)
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F =
F

hΔp
=

Q

|ri × n̂| (18)

S =

∣∣vi · t̂ − vo · t̂∣∣
ωi

(19)

A plot comparing the peak values of the normalized wear rate as a function of
α for the two reference pumps is shown in Fig. 10. For both pumps, the wear
could be reduced by applying asymmetry. However, a greater improvement was
achieved for the pump with λt > 1.

Fig. 10. Left: Effect of varying α on the wear rate for the two reference pumps. Right:
Effect of varying α on the contact stress for the two reference pumps

The amount of contact stress in the gears is also affected by the profile
geometry. The two teeth in contact can be modeled according to Hertzian contact
theory as cylinders with radii equivalent to the radii of curvature of the gear
surfaces. The peak contact pressure p0 can be normalized to material properties
and operating pressure in Eq. (20) to give a normalized contact pressure that is
dependent only on the gear geometry. In Eq. (20), E∗ is the combined modulus
of elasticity given in Eq. (21), and κi and κo are the curvatures of the inner and
outer gear surfaces at the contact point respectively. In Eq. (21), νi and νo are
the Poisson’s ratio for the inner and outer gear respectively, and Ei and Eo are
the moduli of elasticity of the inner and outer gear respectively. Note that a more
detailed description of the normalized contact pressure is also given in previous
work [10].

p0 = p0

√
π

E∗Δp
=

√
F |κi + κo| (20)

1
E∗ =

1 − ν2
i

Ei
+

1 − ν2
o

Eo
(21)

The peak values of the maximum contact pressure as a function of α for the
two reference pumps are also plotted in Fig. 10. Both pumps can have a reduction
in contact stress by applying positive asymmetry.
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The overall effect of applying asymmetry to the gears depends largely on
the other input parameters. For the reference pump with λt < 1, the contact
stress or wear rate can be reduced, but it comes at the cost of an increase in
the other performance goals. For the reference pump with λt > 1, all of the
performance goals could be improved by applying positive asymmetry. Adding
asymmetry increases the design freedom in comparison to a symmetric profile,
which can open new areas of the design space that are improved with respect to
the symmetric profile. However, more work is necessary to identify the optimal
design space and to quantify its advantage over the symmetric profile in a more
general sense.

4 Conclusions

A method was presented to generate a gearset for a gerotor pump using an ellipse
rotated about its center as the outer gear tooth. The effect that asymmetry has
on the minimum radius flow ripple, adhesive wear, and contact stress of a pump
was investigated by varying the tooth rotation angle for two reference pumps.
The results showed that the asymmetry can have the effect of either increasing
or decreasing all of the performance goals depending on the values of the other
input parameters. More analysis is required to determine the optimal design
space and how the performance of asymmetric profile compares to conventional
gerotor profiles.
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8. Mancò, S., Nervegna, N., Rundo, M., Margaria, M.: Miniature gerotor pump pro-
totype for automotive applications. In: 3rd International Fluid Power Conference
(3rd IFK), pp. 153–167 (2002)

9. Pellegri, M., Vacca, A.: Numerical simulation of gerotor pumps considering
rotor micro-motions. Meccanica 1–20 (2016). https://doi.org/10.1007/s11012-016-
0536-6

10. Robison, A., Vacca, A.: Multi-objective optimization of circular-toothed gerotors
for kinematics and wear by genetic algorithm. Mech. Mach. Theory 128, 150–168
(2018). https://doi.org/10.1016/j.mechmachtheory.2018.05.011

11. Stryczek, J., Bednarczyk, S., Biernacki, K.: Gerotor pump with POM gears: design,
production technology, research. Arch. Civ. Mech. Eng. 14(3), 391–397 (2014).
https://doi.org/10.1016/j.acme.2013.12.008

https://doi.org/10.1007/s12206-009-1007-y
https://doi.org/10.1007/s12206-009-1007-y
https://doi.org/10.1007/s11012-016-0536-6
https://doi.org/10.1007/s11012-016-0536-6
https://doi.org/10.1016/j.mechmachtheory.2018.05.011
https://doi.org/10.1016/j.acme.2013.12.008


An Approximate, Closed Form Solution
of Sealing Gap Induced Lateral Forces
for Imperfect Sealing Land Geometries
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Abstract. It is a well-known fact that even small deviations from the perfect
cylindrical geometry of either the bore or the sealing land of spool valves may
cause substantial lateral forces and, in turn, a sticking of the valve. The reason is
the pressure distribution in the sealing gap which loses its axisymmetry in such
cases. This effect is counteracted by a number of circumferential grooves which
even the pressure distribution. That valve sticking effect can be studied by solving
the Reynolds equation for such gap geometries and computing the resulting radial
force. From a design viewpoint it is valuable to have a compact understanding of
the role of design parameters; in the case of non-uniform sealing gaps, of the role
of the imperfection parameters. Gaining compact understanding of cause effect
relations with numerical solutions is difficult if more than two parameters are
involved since a graphical representation by diagrams is impossible. In this paper
an approximate but closed form solution is derived for a class of imperfect sealing
gap geometries. They provide that immediate insight by a compact formula for the
resulting lateral force. The study is based on a Ritz method for a direct solution of
the variational formulation of the Reynolds equation and asymptotic expansions
concerning the role of the imperfection parameters.

Keywords: Sealing gap · Rayleigh-Ritz method · Reynolds equation · Valve
sticking

1 Introduction

Sealing of hydraulic valves and pumps is mostly done by small gaps. Ideally, these gaps
are very thin, perfectly cylindrical annular volumes. In reality, manufacturing imper-
fections and potentially also pressure induced elastic deformations cause a deviation
from this ideal gap geometry. The resulting pressure fields of such imperfect geometries
cause lateral forces. In best case, these forces stabilize the centric position of the spool
or piston in the bore, in worst case, they exhibit a destabilizing action and high sticking
forces [1]. This well known phenomenon is used, for instance, in zero friction hydraulic
cylinders to realize a hydrostatic bearing by conical pistons in order to avoid solid body
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contact with the cylinder wall [2]. Pressure balancing grooves in the sealing lands of
valve spools are a standard means to avoid excessive sticking forces.

Such forces can be computed by solving the Reynolds equation [3] for the fluid film
in the gap. This is trivial for the perfect cylindrical case but is usually done by numerical
methods for non-cylindrical gap geometries because of the non-uniform conductivity
term in the equation which is given by the third power of the gap height.

It is not the numerical computation of theReynolds equation for a given gap geometry
but the study of the influence of gap geometry parameters on the lateral forces which
is challenging. Even simple versions of gap geometry families might have three or
more parameters. A parameter study done by a series of numerical calculations for a
representative set of parameter combinations not only requires computation time to solve
themultitude of problem versions numerically but, evenmore important, is difficult to be
comprehended by graphical representations of the results due to problem dimensionality.

In this paper a Rayleigh-Ritz method is used to obtain approximate closed form
solutions of the fluid film force for a class of gap geometries [4]. This result makes the
influence of the problem parameters obvious without any graphical representation and
is in good agreement with numerical solutions obtained with a finite volume model.

2 Model of Gap Pressure Field

2.1 Gap Geometry

Fig. 1. Geometry of the considered gap conical gap geometries.

The problem is formulated for conical gap geometries. For the derivation of the gap
function h a truncated cone with conicity k, length L, and diameters d1, d2 is placed in
a perfect cylindrical bore with diameter D. The cone is shifted out of bore center by a
value z0 and rotated by an angle α. Obviously, it does not make a difference if the bore
has a conical shape instead, since only the gap geometry is relevant. It is assumed that
the gap is a usually small sealing gap, i.e., h = O(D.10−3). That fact will be used later
on, to simplify the results. Two Cartesian coordinate systems, one centered to the cone
axis (indicated by a superscript K), the other to the bore axis (indicated by a superscript
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Z), are used to describe the geometry. The truncated cone surface is described by Eq. (1)
and spanned by the two surface coordinates x and φ (Fig. 1).

⎛
⎝

xk

yk

zk

⎞
⎠

(K)

=
⎛
⎝

x
1
2 (d1 + k x)sin(φ)
1
2 (d1 + k x)cos(φ)

⎞
⎠; k = d2 − d1

L
(1)

It is transferred to the bore centered coordinate system by a shift operation and a rotation
according to Eq. (2).

⎛
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The cone surface normal n in both coordinate systems is given the following equations;
t is the line parameter and measures the distance of the normal line point from the cone
surface.
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The bore surface is described by Eq. (4) with the surface parameters xZ and ψ.

⎛
⎝

xZyl

yZyl

zZyl

⎞
⎠

(Z)

=
⎛
⎝

xZ
1
2D sinψ
1
2D cosψ

⎞
⎠ (4)

The gap height h is the distance between bore and cone surface measured along the cone
surface normal n. It is identical to the value of t which equates the coordinates according
to (4) and the cone coordinates according to (3). For the computation of t the vector
identity n = xZyl is first linearized with respect to the very small quantities α, k, h0/D =
(1 − d1/D)/2, ζ 0 = z0/h0, andΔφ = ψ − φ. The second and third row of these linearized
equation are then multiplied by cosφ and sinφ, respectively, and added up. This leads to
the following approximate equation for the gap height h.

h = t = cos(φ)(αx + h0ς0) − 1

2
kx + h0 (5)
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2.2 Variational Form of the Reynolds Equation and Ritz Approximation

For the application of the Rayleigh-Ritz method for the approximate solution the
variational form of the Reynolds equation is used.

δΠ = 0; Π = L∫
0

2π∫
0

1
2

h3
η

(∇p)2dφdx

1
2 (∇p)2 = 1

2∇p · ∇p = 1
2

((
∂p
∂x

)2 + 1
R2

(
∂p
∂φ

)2)

R = D
2

(6)

The existence of a variational formulation guarantees that the Rayleigh-Ritz method
gives the best approximation of the real solution for a given Ritz ansatz in terms of
a distance norm, which in this case corresponds to the continuity relation.The pressure
field is approximated by the following Ritz ansatz.

p(x, φ) = a00 + a01
x

L
+ a02

( x

L

)2 +
(

a10 + a11
x

L
+ a12

( x

L

)2)
cos(φ) (7)

The boundary conditions

p(0, φ) = p1; p(L, ψ) = p2 (8)

pose additional conditions on the coefficients a00, a01, a02, a10, a11, a12. Considering
these leads to the final version of (6, 7)

p(x, ψ) = p1 + (p2 − p1 − a02)
x

L
+ a02

( x

L

)2

+
(

−a12
x

L
+ a12

( x

L

)2)
cos(φ) (9)

with only two generalized coordinates a02, a12. They are computed by a direct solution
of the variational equation.

δΠ = L∫
0

2π∫
0

h3

η

((
∂p

∂x

)(
∂δp

∂x

)
+ 1

R2

(
∂p

∂φ

)(
∂δp

∂φ

))
dφdx = 0

δp(x, φ) = δa02

(
− x

L
+

( x

L

)2) + δa12

(
− x

L
+

( x

L

)2)
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Evaluating the expression for δΠ and separating for the independent variations δa02, δa12
yields two linear equations for a02, a12, given by (11).

A.
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2.3 Approximations Exploiting the Smallness of the Gap

The solutions for a02, a12 are lengthy and are not given here. The smallness of ς0, α, k
suggests to take truncated Taylor series of the solutions with respect to these variables
up to the first non-vanishing order. This yields the compact expressions (12).

a0,2 = −3λ(p1 − p2)k

8μ
; a1,2 = 15λ(p1 − p2)(2ς0kμ + αλk + 4αμ)

8μ2
(
λ2 + 10

)

λ = L

R
; μ = h0

D
(12)

The corresponding approximate pressure field equation is given by (13).

p(x, φ) = p1 + (p2 − p1)
(

x
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(13)

The pressure field is symmetrical to the vertical mid-plane (x-z). Thus, the resulting
force has no y-component. The smallness of α and k makes the axial component of
the force also a very small value and is not considered here. The approximate resulting
z-component Fres, computed by the rule

Fres = −
∫ L

0

∫ 2π

0
p(x, ψ)Rcos(φ)dφdx. (14)

becomes finally

Fres = −5π L2 (4μα + 2kμζ0 + kαλ)

16μ2
(
10 + λ2

) (p2 − p1). (15)
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2.4 Interpretations of the Result

• A non-axisymmetric pressure field and a non-vanishing resultant vertical force Fres
require that either α or ς0 are nonzero. ς0 has only an effect if also the conicity is
nonzero (k �= 0). A parallel displacement (ς0) of a perfect spool does not create a
force.

• A conicity (k �= 0) causes a bulbous pressure field.
• The central position of the conical spool is stable w.r.t. a parallel displacement (α = 0)
if k (p1 − p2) > 0. Then Fres is positive if the cone is shifted downwards and negative
if shifted upwards. In both cases the force tends to move the cone back to the center.

• A clockwise rotation (α > 0) of a single cylindrical piston (k = 0) presses the spool
downwards if (p2 − p1) > 0 and upwards else. That means that such a single cylinder
is always unstable w.r.t. a rotation α if no other effects counteract this instability
mechanism.

• However, a cylindrical spool with two sealing lands in a perfectly cylindrical bore and
a pressure situation as indicated in Fig. 2 is stable w.r.t. a rigid body rotation, if if p2>

p1 and unstable if p1> p2.

Fig. 2. A tilted perfectly cylindrical spool with two sealing lands is stable with respect to an
inclination if p2 > p1 and unstable if p1 > p2.

3 Verification with a Numerical Model

3.1 Finite Volume Model

In order to assess the analytical model a finite volume model for the fluid film in the
sealing gap is established. A rectangular grid of finite volumes (cells) represents the
fluid film in the sealing gap, see Fig. 3. Pressure and gap height fields are discretized by
values at the cell center points (pi,j, hi,j). The continuity law for the incompressible fluid
requires the sum of the flows into the cell to be zero.

qi;j+1,j + qi+1,i;j + qi;j−1,j + qi−1,i;j = 0 (16)

Since the spool is not moving in the bore the cell flows in (16) stem from diffusive
terms only. They read

qi−1,i;j =
(
pi−1,j − pi,j

)
(
Δsφ, i−1,j + Δsφ, i,j

)
/2

Δsx,i−1,j+Δsx,i,j
2

(
hi−1,j+hi,j

2

)3

12η
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Fig. 3. Unwrapped grid of the finite volume model. The line index i refers to the circumferential
direction φ, the index j to the lateral direction x. The pressure and gap height fields are discretized
by the cell midpoint pressures pi,j , and gaps hi,j , respectively.

qi+1,i;j =
(
pi+1,j − pi,j

)
(
Δsφ, i+1,j + Δsφ, i,j

)
/2

Δsx,i+1,j+Δsx,i,j
2

(
hi+1,j+hi,j

2

)3

12η

qi,j−1;j =
(
pi,j−1 − pi,j

)
(
Δsx, i,j−1 + Δsx, i,j

)
/2

Δsφ,i,j−1+Δsφ,i,j
2

(
hi,j−1+hi,j

2

)3

12η

qi,j+1; =
(
pi,j+1 − pi,j

)
(
Δsx, i,j+1 + Δsx, i,j

)
/2

Δsφ,i,j+1+Δsφ,i,j
2

(
hi,j+1+hi,j

2

)3

12η
(17)

Flows into the cells at the left and right boundaries qi,lb, qi,rb are

qi,lb = (p1−pi,1)
Δsx,i,1/2

Δsφ,i,1h3i,1
12η

qi,rb = (p2−pi,Nx )
Δsx,i,Nx /2

Δsφ,i,Nx h3i,Nx
12η

(18)

Δsφ,i,j andΔsx,i,j are the cell lengths, η is the dynamic viscosity of the fluid.Inserting the
diffusive flow terms (17, 18) into the continuity Eq. (16) gives a linear equation system
for the cell pressures pi,j. The resulting vertical force is given by Eq. (19).

Fres,num = −
Nφ∑
i=1

Nx∑
j=1

pi,j�sφ,i,j�sx,i,jcos
(
φi,j

)
(19)

3.2 Comparison of Analytical and Numerical Model

In the following results concerning the pressure field and the resultant lateral force
are shown for three exemplary cases according to Table 1. Figures show the geomet-
ric configuration (gap is 100 times magnified), the pressure field with the resulting
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vertical forces for both models, the gap field, and the relative pressure field error (Figs. 4,
5 and 6).

Table 1. Exemplary cases for comparing analytical and numerical models.

Case D
[mm]

L [mm] h0 [mm] ζ 0 α [rad] k

1 10 15 0.01 0.5 0.0 −0.000267

2 10 15 0.01 0.0 0.00033 +0.000267

3 10 15 0.01 0.2 0.00033 0.0

p1 = 1 bar, p2 = 100 bar in all cases
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Fig. 4. Situation and results of numerical and approximate analytical model for parameters
according to Case 1 of Table 1; (the gap in the upper left sketch is magnified by a factor 100).
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Fig. 5. Situation and results of numerical and approximate analytical model for parameters
according to Case 2 of Table 1; (the gap in the upper left sketch is magnified by a factor 100).
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Fig. 6. Situation and results of numerical and approximate analytical model for parameters
according to Case 3 of Table 1; (the gap in the upper left sketch is magnified by a factor 100).
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4 Summary and Conclusions

An approximate analytical model for pressure and lateral force generated by the pressure
field of an eccentric and tilted conical sealing gap is derived. To this end, a Rayleigh-
Ritz method, a variational formulation of the Reynolds equation and an ansatz function
for the pressure field, and series expansions to account for the smallness of several gap
parameters are combined. The pressure field ansatz uses a first order Fourier expansion
in the circumferential and quadratic polynomials in the axial gap coordinate. The results
are compared with solutions obtained by a finite volume method. The pressure errors
are a few percent of the pressure difference over the gap, the force error is up to 20%.

The errors are outweighed by the compactness of the formula for the force. It allows
an immediate interpretation of the influences of the six geometric parameters and of the
two pressures which cannot be achieved adequately with a numerical parameter study
because of the dimensionality of the parameter space.
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Abstract. In this paper, pressure losses in hydraulic motor supplied with water
and mineral oil (two liquids that have significantly different viscosity and lubri-
cating properties) are described and compared. The experimental tests were con-
ducted using an hydraulic satellitemotor that is dedicated toworkingwith different
liquids, includingwater. Themethodology ofmeasuring the pressure drop in inter-
nal channels of this motor is also described. The known mathematical formulas
describing the pressure losses in the internal channels are presented also. Experi-
mental studies have shown that a high flow rate in the motor causes the pressure
losses in the motor supplied with water to be a several percent greater than the
pressure losses in the motor supplied with oil. However, low flow rates cause the
pressure losses in the motor supplied with water to be about ten percent lower than
the pressure losses in the motor supplied with oil. Furthermore, when the volume
of the working chamber nears the minimum, additional pressure increase caused
by compression of liquid occurs in this chamber.

Keywords: Pressure losses · Satellite motor ·Water · Oil · Internal channels in
motor

1 Introduction

The hydraulic motor in the hydraulic system is the actuator. Its purpose is to convert
hydraulic energy into mechanical energy. The energy carriers in hydraulic systems are
liquids. The type of liquid is determined by the requirements for the system. The liquid
commonly used in hydraulic systems is mineral oil. However, there is a growing trend
towards researching and developing components and hydraulic systems that are supplied
with water [1–4]. Studies of hydraulics systems, where water is the working medium,
are now important in many industries, such as the food industry, the mining industry and
marine technology [4–6].

Pressure losses in hydraulic positive displacement machines are the pressure drop
�pich in internal channels in these machines. Channels inside the motor or pump body
for supplying (inflow channels) working chambers and removing (outflow channels)
the liquid from working chambers are defined as the internal channels. The geometry
of these internal channels is important and have an influence on the pressure drop in
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these channels [7–9]. This pressure drop has a significant impact on the efficiency of
energy conversion in a hydraulic motor and has an impact on the hydraulic system’s
work parameters [7, 10–15].

Thus far, there are no publications about the influence of water and mineral oil on
the pressure losses in hydraulic motors. Of course, publications can be found, but they
relate to pressure drop in basic elements such as, for example, a pipe [16]. There is also
no specific information about the designs of motors that can be supplied with both water
and mineral oil. Furthermore, there are no prominent studies in literature that compare
the influence of the type of liquid on the flow characteristics in the internal channels.
Consequently, the results of experimental tests of pressure losses in motor supplied with
mineral oil and water and their comparison have been defined for this article.

2 Pressure Drop in the Internal Channel of the Hydraulic Motor

The pressure drop �pich increases the value of the pressure drop �p that is measured in
motor ports according to the formula:

�p = �pi + �pich (1)

where �pi is the pressure drop in the working chambers of the motor and is a function
of motor load M and mechanical losses Ml in the motor.

Pressure drop �pich in internal channels is the following sum:

�pich = �pic1 + �pic2 (2)

where �pic1 and �pic2 is the pressure drop in inflow and outflow internal channel
(respectively).

In the literature following mathematical formulas, describing the pressure losses, are
known [12–15, 17–20]:

�pich =
(
C1

Re
+ C2

)
· ρ · c

2

2
(3)

�pich = Cich · ρ · ω2 ·
( qt
2 · π

)2/ 3
(4)

�pich = k8 · pn ·
(
Q

Qt

)aQs
·
(
v

vn

)avs
(5)

�pich = Ct · ρ · Q2 + Cl · ν · ρ · Q (6)

where:

– qt – the theoretical displacement,
– ω – the angular speed of the motor shaft,
– Qt – the theoretical delivery of the pump in hydraulic circuit;
– pn – the nominal pressure of the pump;
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– c – average speed of flow in motors internal channels,
– ρ – the density of liquid,
– ν – the kinematic viscosity,
– νn – the reference kinematic viscosity,
– aQs and avs – exponents,
– C1, C2, Cich, Ct, Cl, k8, – coefficients.

For describing the pressure losses in amotor the formula (6) is recommended because
[18–20]:

a) does not take into account the geometry of the motor’s internal channels;
b) the pressure losses are expressed as a function of parameters having a direct impact

on these losses (specifically the density and viscosity of the liquid and the liquid
flow rate);

c) the values of constants Ct and Cl can be calculated quickly based on the equation of
the trend line of the experimental characteristic �pich = f(Q).

3 Tested Motor

A prototype of a hydraulics satellite motor was selected for experimental tests. The
design of this motor is presented in Fig. 1. The working mechanism of the satellite
motor is a specific gear mechanism in which the rotor revolves around the shaft axis and
the revolving motion is done by satellites which are in gear with the stator and the rotor
(Fig. 2).

Fig. 1. Hydraulic satellite motor with marked pressure drop in internal channels: C – curvature
(stator), S – satellite, R – rotor, 1 – shaft, 2 – casing, 3 and 4 – inflow and outflow manifolds, 5
– rear plate, 6 and 7 – distribution (commutation) plates [6, 15, 19, 20].
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Fig. 2. Working mechanism of satellite motor with location of pressure sensors pLPC and pHPC:
C – curvature (stator), R – rotor, S – satellite, LPC – low pressure working chamber, HPC – high
pressure working chamber, IC – inflow hole, OC – outflow hole [18–20].

The toothed unit, shown in Fig. 2, is the satellite working mechanism of the motor.
It consists of a toothed rotor R (4 humps), toothed stator C (6 humps) and ten wheels
S (satellite). The working chambers in the satellite mechanism are closed by the com-
pensation plates (Fig. 1 – elements 6 and 7, and Fig. 3), which also play the role of
distribution plates.

Fig. 3. Distribution (commutation) plate: OC – inflow/outflow hole [6, 19, 20].

The satellite motor used for the test had the theoretical displacement qt =
32,94 cm3/rev. and the diameter of inflow/outflow holes is 4,1 mm. The geometrical
overlap in the commutation unit of working mechanism is zero. In the tested motor
(Fig. 1), the internal channels on the supply side have the same dimensions as the
internal channels on the outflow side. The diameter of port A and port B is 10 mm.

4 Test Stand and Parameters of Working Liquids

The measurement of pressure drop in an internal channel of a hydraulic motor can be
carried out according to the following experimental method (Fig. 4). The hydraulic
motor 1 works as a pump and is driven by an electric motor 2 with adjustable speed n
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Fig. 4. Scheme of the hydraulic circuit of the test stand: D and L – diameter and length of suction
tube, 1 – tested motor, 2 – electric motor controlled by frequency converter, Q – flow meter, n
– rotational speed, pHPC – pressure in high pressure working chamber, pHPC – pressure in low
pressure working chamber, p1 – pressure in inflowmotor port, p2 – pressure in outflowmotor port
[18–20].

via a frequency converter. All measured data are recorded at the same time by the data
acquisition system.

According to Fig. 4:

�pic1 = p1 − pLPC (7)

�pic2 = pHPC − p2 (8)

In the satellite motor the internal channels on the supply side have the same dimen-
sions as the internal channels on the outflow side. Therefore, it is enough to measure
only �pic1 and then:

�pich = 2 · �pic1 (9)

During the test a measurement data acquisition system at the same time records:

a) the pressure p1 and p2 in motor ports measured by a strain gauge pressure transducer
with range -1÷3 bar and class 0.3;

b) the pressure pLPC and pHPC in motor working chambers measured by a strain gauge
pressure transducer with range -1÷3 bar and class 0.3;

c) the delivery Q measured by mass flow meter with range 33 lpm and class 0.1;
d) the rotational speed n of the motor shaft measured by the inductive sensor.

During the test the temperature in the inflow port of motor was also controlled in
order to know what the viscosity of the liquid is. This temperature was not register.

The laboratory experiment was carried out using the following liquids:

a) tap water (ν = 0,9cSt and ρ = 999.8 kg/m3);
b) mineral oil (ν = 40cSt and ρ = 862.0 kg/m3).
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5 Experimental Data

The recorded results of pressure p1, p2, pHPC, pLPC and flow rate Q in the motor as a
function of the shaft speed n are shown in Fig. 5 and Fig. 6.

Fig. 5. Characteristics of p1 = f(n), p2 = f(n), pHPC = f(n), pLPC = f(n) and Q = f(n) in the
motor supplied with water [19, 20].

Fig. 6. Characteristics of pressure p1 = f(n), p2 = f(n), pHPC = f(n), pLPC = f(n) and flow rate
Q = f(n) in the motor supplied with oil [19, 20].

Cavitation occurs (the flow rate Q = const.) at rotational speeds above 630 rpm.
The experimental data (Fig. 5 and Fig. 6) shows that in a low pressure working

chamber LPC (Fig. 2), during cavitation, the minimum value of the pressure pLPC is
– 0,75 bar for oil and –0,85 bar for water [19].
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6 Pressure Drop in Internal Channels

Characteristics of �pic1 = f(Q) whose values were calculated according to formula (7),
are shown in Fig. 7. This characteristics �pic1 and �pic2 are shown at speeds up to
630 rpm for water and up to 550 rpm for oil. The cavitation does not occur at these
speeds. Characteristics of �pic1 = f(Q), shown in Fig. 7 can be described by Eq. (6).
Then the values of constants Ct and Cl are [19, 20]:

Fig. 7. Characteristics of the pressure drop �pic1 = f(Q) in inflow channels of the motor (no
cavitation).

a) for the motor supplied with water: Ct = 7,88 · 108 and Cl = 409,8 · 108;
b) for the motor supplied with oil: Ct = 6,73 · 108 and Cl = 19,2 · 108.

Characteristics �pich = f(Q) of total pressure drop in the motor supplied with water
and oil are shown in Fig. 8. These characteristics can be described by following formulas
(according to (6) and (9)) [19, 20]:

a) for the motor supplied with water:

�pich =
(
15,76 · ρ · Q2 + 819,6 · ν · ρ · Q

)
· 102 MPa (10)

b) for the motor supplied with oil:

�pich =
(
13,46 · ρ · Q2 + 38,4 · ν · ρ · Q

)
· 102 MPa (11)

The ratio of the pressure drops �pich,W/�pich,O in the internal channels of the motor
supplied with water and supplied with oil is shown in Fig. 9.
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Fig. 8. Characteristics �pich = f(Q) of the total pressure drop in the motor supplied with oil and
water.

Fig. 9. Characteristic of �pich,W/�pich,O = f(Q): �pich,W and �pich,O – pressure drop in the
internal channels of the motor supplied with water and supplied with oil – result of experiment
[19, 20].

7 Discussion

It can be observed that a smaller pressure drop in the internal channels of the motor
supplied with a lower flow rate of water (up to 8 l/min) is observed. In the area of a high
flow rate, a smaller pressure drop occurs in themotor suppliedwith oil. This phenomenon
should be explained by the fact that, at a low flow rate, the share of the laminar flow
component is larger than at a high flow rate. The viscosity of water is about 40 times
lower than the viscosity of oil. Thus, at a low flow rate, there is a smaller pressure drop
in the motor supplied with water than in the motor supplied with oil.

At a high flow rate, the share of the laminar flow component is very small. In other
words, the density of the liquid has the biggest influence on the pressure drop. Therefore,
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at a high flow rate, the pressure drop in the internal channels is smaller in the motor
supplied with oil.

Results of experiment presented in Fig. 5 and Fig. 6 indicate that the pressure drop
�pic2 in outflow channel (Fig. 10) of the motor is bigger than the pressure drop �pic1
in inflow channel (�pic1 < �pic2).

Fig. 10. Characteristics �pic2 = f(Q) of the pressure drop in outflow channel of the motor.

In testedmotor, the dimensions of inflow and outflow internal channels have the same
dimensions (and the inflow and outflow holes in commutation plates also). Therefore in
booth channels is the same pressure drop�pic1. If�pic1 < �pic2 then in a high pressure
working chamber HPC (Fig. 2) is an additional pressure increase�pHPC (Fig. 12) caused
by the compression of liquid and the value of �pHPC depends on the rotational speed n
of a motor but not on flow rate Q. Therefore, the assumption described by formula (8)

Fig. 11. Characteristics of the pressure increase �pHPC = f(n) in the closed working chamber of
a motor supplied with oil and water (calculated according to formula (12)).
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is not true. The �pHPC can be calculated from experimental data as:

�pHPC = �pic2 − �pic1 (12)

Characteristics of �pHPC = f(n) in the motor are shown in Fig. 11.
According to the above, the progression of pressure in the hydraulic motor should

look like Fig. 12. The increase of pressure�pHPC in the high pressure working chamber
only influences the mechanical losses in the working mechanism of the motor. In this
way, the �pHPC is not the component of the pressure losses in the internal channels of
the motor.

Fig. 12. The illustrative course of pressure in a hydraulic motor including the increase of pressure
�pHPC: a) pump work, b) motor work.

8 Conclusions

The results of the experimental test have shown that:

a) the pressure drop in the internal channels of the hydraulic motor depends on the type
of liquid and, in particular, on the parameters of the liquid (kinematic viscosity and
density);

b) the flow of both the water and the oil in the internal channels of the motor is not a
fully developed turbulent flow;

c) at a low flow rate (up to 8 l/min), there is a lower pressure drop in the motor supplied
with water than in the motor supplied with oil. But in the area of a high flow rate, a
smaller pressure drop occurs in the motor supplied with oil;

d) the type of liquid has influence on the value of the pressure pLPC in the suction
chamber (low pressure chamber LPC (Fig. 2)) of the satellite motor. In the motor
supplied with oil, the pressure pLPC is −0.75 bar, but, in the motor supplied with
water, the pLPC is −0.85 bar [19, 20];

e) the pressure drop in both the inflow internal channels and in the outflow channels in
the hydraulic motor can be described with sufficient accuracy with formula (6);

f) when the volume of the working chamber nears the minimum, additional pressure
increase �pHPC (compression of liquid) occurs in this chamber. This phenomenon
depends on the overlap in the commutation unit and the rotational speed of the motor
shaft. Therefore, the �pHPC only has influence on mechanical losses in the working
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mechanism of the motor and is not the component of pressure losses in the internal
channels of the motor.
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Abstract. In this paper a prototype of a flow control valve is described and numer-
ically simulated. The flow control valve is used in hydraulic systems to maintain
constant fluid flow despite changing loads of a receiver. The standard construction
of this type of valves is modified mainly by eliminating the spring. The prototype
consists the hydrostatically unloaded throttle valve and pressure ratio valve substi-
tuting pressure difference valve. The article concentrates on numerical simulation
conducted for different positions of pressure ratio valve’s spool and various throttle
valve settings. Additionally the rotation of the spool is included in simulation and
its influence on valve’s characteristics is evaluated. The article also describes the
methodology of determining flow characteristics of control valve. Results from
numerical simulation are compared to results of experimental research.

Keywords: Flow control valve · Numerical simulation · CFD · Hydraulics ·
Fluid dynamics

1 Introduction

The flow control valve is used in hydraulic systems to maintain constant fluid flow rate
through the receiver, for example hydraulic motor or cylinder, despite pressure changes.
The flow control valve consists of an adjustable throttle valve and a differential valve
[1].

There are two types of flow control valves: two- or three-way flow control valve
(Fig. 1).

In both types of flow control valves the differential valve maintains constant pressure
drop on the throttle valve. However, in two-way flow control valve the differential valve
is placed in-line with the throttle valve, whereas in three-way flow control valve the
differential valve is parallel to the throttle valve [2]. Due to the features mentioned
above the two-way flow control valve is always used with pressure relief valve and the
three-way control valve can be used as standalone valve.

This article concentrates on two-way flow control valves. The differential valve
can be placed either in front or after the throttle valve. The configuration of these two
valves does not change the principal of operation [3] therefore only one configuration is
presented in Fig. 2 and taken into further considerations.
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Fig. 1. Scheme of: a) the two-way flow control valve, b) three-way flow control valve.

Fig. 2. Scheme of the two-way flow control valve.

Pressure p1 in front and pressure p3 behind throttle valve are used as control signals
and act on surfaces of the spool. The spool is supported by the spring therefore the
pressure drop equation on the throttle valve is described by formula:

�pd = p1 − p3 = ks(x0 + x)

A
(1)

where:

p1 – pressure at the inlet to the flow control valve, adjusted by pressure relief valve,
p3 – pressure after the throttle valve,
A – area of frontal surfaces of the spool,
ks – spring constant,
x0 – initial deflection of the spring,
x – spool’s displacement.

As it is shown in Fig. 3 the real characteristic of flow rate through the flow control
valve is not constant as it is expected. It is caused by the fact that spool’s displacement
x increases the force in the spring, which changes the pressure drop �pd and affects the
flow rate.

The flow control valve without this fault was designed at Gdansk University of
Technology [5].
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Fig. 3. Characteristics of flow rate Q in function of �p for valves type UDRN6, produced by
Ponar Wadowice, for different valve sizes [4].

1.1 Description of the Prototype Flow Control Valve

Design of the prototype flow control valve is based on a substitution of a standard
pressure differential valve with a pressure ratio valve (Fig. 4). The main difference
between pressure ratio valve and differential valve is the fact that pressure ratio valve
does not have spring and the constant pressure difference �pd is obtained thanks to
difference between area of surface A1 and A2. Higher pressure p1 acts on the smaller
surface A1 and lower pressure p3 acts on the bigger surface A2.

Fig. 4. Scheme of the prototype flow control valve [5].

Due to the fact that the ratio A1/A2 is always constant,�pd is given by the equation:

�pd = p1

(
1− A1

A2

)
(2)

As long as pressure p1, set by relief valve, remains constant, �pd also remains
constant, independently of the spool displacement.
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Fig. 5. Flow control valve with pressure ratio valve [6].

The prototype flow control valve shown in Fig. 5 consists of:

• valve housing (1),
• sleeve (2),
• main spool (3),
• auxiliary spool (4),
• throttle valve orifice (DL),
• pressure ratio valve orifice (OSP).

In comparison to standard flow control valve one of the most important advantage is
to prevent the impact of the spring’s deflection on flow rate. Thanks to using the pressure
ratio valve instead of the differential valve, there is a possibility to gain more constant
characteristic, which is similar to theoretical characteristic. The throttle valve is a rotary
tubewith bean-shaped orifice, which can change its opening areawhen the tube is rotated
by an angle between 0° and 68° (Fig. 6).

Fig. 6. Relation between area of surface of throttle valve orifice and rotation of throttle valve α.
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The prototype is characterized by simple construction and small size. The prototype
flow control valve could be used in these branches of industry, where constant input
pressure is provided for ex. in mining.

2 Laboratory Tests of the Prototype Flow Control Valve

Laboratory tests were conducted at Gdansk University of Technology under supervision
of prof. Paweł Śliwiński. Scheme of a test bench is shown in Fig. 7.

Fig. 7. Scheme of the test bench.

During laboratory tests, the flow rate was measured depending on:

• increase (in characteristics described as “up”) or decrease (in characteristics described
as “down”) of load pressure p2,

• adjustment of inlet pressure p1,
• different throttle valve settings α.

Results of laboratory tests (Fig. 8 and 9) show, that there are two main problems in
operation of the prototype flow control valve. First of all, the flow characteristics is not
stable in the whole range of load pressure (Fig. 8). Characteristic collapse is repeatable
but cause of its occurrence is so far unknown. Secondly, the hysteresis between increase
and decrease of load pressure p2 is noticeable and significant (Fig. 9). Additionally, after
disassembly of the prototype it was discovered that surfaces of the spool had peripheral
scratches, which means that the spool rotates [7]. This is a positive phenomenon but
until CFD simulations were conducted, the impact of rotation on the flow rate had been
unknown (Fig. 14).
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Fig. 8. Flow characteristics of the prototype flow control valve [8].

Fig. 9. Flow characteristics during increase(up) and decrease (down) of load pressure p2 [8].

3 CFD Simulations

CFD (Computational Fluid Dynamics) analysis are used to investigate flow phenomena
inside valves. Since the valve presented in this article is a prototype, there are no pub-
lications considering it. However, there are several articles, which consider modeling
flow control valves with differential valve [9, 10]. Additionally articles presenting CFD
models of spool valves [11, 12] proved to be helpful in understanding the phenomena,
which occur during operation of researched flow control valve.

3.1 Flow Control Valve Mesh

In order to investigate the prototype flow control valve, Ansys CFX software was used.
During preparation of computational model it was necessary to create an appropriate
mesh of fluid filling channels of the flow control valve.
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One of the problems which always appears in CFD simulation is how to get a com-
promise between size of elements, hence accuracy of simulation, and time of simulation.
In this case it was essential to get as dense mesh as possible in some parts of model,
e.g. near walls and orifices, but in other parts it was not so crucial. Model consists of
tetrahedron elements, which size depends on position of the spool and rotation of the
sleeve. It means that the smaller orifices DL and OSP (Fig. 5) were, the more precise
mesh was. The overall quantity of elements varied from 765188 to 934298 depending
on analyzed configuration.

Figure 10 presents a mesh of the interior of the prototype flow control valve.

Fig. 10. Mesh of fluid inside the flow control valve.

3.2 Simulation Assumptions and Boundary Conditions

In order to simplify the calculations, initial assumptions were made as follows:

• irrelevant geometric details, for ex. drill cones and screw-threads, were excluded,
• temperature inside the prototype flow control valve was constant,
• fluid was incompressible,
• single-phase flow was set.

Following boundary conditions and solver configurations were set:

• inlet/outlet: opening type,
• turbulence model: Shear Stress Transport (SST),
• type of analysis: Steady State,
• rotation of selected walls: 2 000 rpm,
• fluid: hydraulic oil: density 860 [kg/m3], viscosity ν = 46 [mm2/s].

Opening boundary condition for inlet and outlet was selected. It allowed the fluid to
flow in both directions in case of vortex near to boundary.

Chosen turbulence model SST which is described in [13–15] combines two models:
k-ω and k-ε. Near walls k-ω is used. Away fromwalls k-ε is used. The transition between
these models is defined using blending function. The SST model was selected because
it proved to be more stable and converge faster than k-ω and k-ε models.
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Rotation of chosen walls was intentionally set so high (2000 rpm) in order to
investigate if that rotation has significant influence on flow rate.

Figure 11 presents location of inlet (red surface), outlet (yellow surface), inter-
faces between domains (green surfaces) and location of rotating walls (blue surfaces) in
computational model.

Fig. 11. Boundary conditions: a) location of inlet, outlet and interfaces, b) location of rotating
walls.

3.3 Rotation of the Spool

Due to the fact that laboratory tests showed that the spool rotates [7], the CFD analysis
were conducted to determine, if the rotation of the spool can have influence on the flow
rate.

Figure 12 shows shear stresses on thewalls of the spool.An asymmetrical distribution
of shear stresses causes rotation and determines the direction of rotation.

Fig. 12. Vectors of shear stress on the spool surface.

Figure 13 presents the results of the CFD analysis shown as streamlines, for param-
eters: throttle valve setting α = 0°, p1 = 32 MPa, p2 = 30 MPa, rotation speed of the
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spool n = 2000 rpm and n = 0 rpm. As it is shown rotation does not have significant
influence on the flow rate. However, the streamlines and velocity in both cases are very
similar.

Fig. 13. Results of the CFD analysis – streamlines: a) for n = 2000 rpm, b) for n = 0 rpm.

Figure 14 shows a comparison between results obtained while the spool is rotating
and when it is stationary.

Fig. 14. Characteristics of flow rate in function of pressure drop on flow control valve.

As it is mentioned above the rotation speed was intentionally set to 2000 rpm, which
is very high or even impossible. Since such high rotation speed had negligibly small
impact on the flowrate, smaller rotation speeds would not have significant influence,
either. Therefore to simplify further simulations the spool was considered as stationary.

4 The Methodology of Determining Flow Characteristics
of the Prototype from CFD Simulations

For the purpose of determining flow characteristics, it is necessary to know parameters,
which define the operation of the prototype. As the position of the spool x during tests is
unknown and it is changing depending on load pressure p2 and adjustment of the throttle
valve α, many simulations were conducted for these parameters.

The methodology of determining flow characteristics is based on several steps.
Firstly, constant inlet pressure p1 = 20MPawas applied. Diameter of surface A1 (Fig. 4)
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is equal 11.6 mm and diameter of surface A2 is equal 12 mm [5]. By using Eq. (2) it was
calculated that pressure drop on throttle valve �pd should equal 1.31 MPa.

CFD simulations were conducted for different load pressures p2 and different dis-
placements of the spool x. Secondly, characteristics of pressure drop on throttle valve
�pd, at different displacements and load pressure settings were determined. Calculated
value �pd = 1.31 MPa was marked as a black, broken, horizontal line in that chart
(Fig. 15). Cross points given by this line and characteristics, are the position of the spool
for different load pressures p2, at which �pd equals 1.31 MPa. These positions were
marked as dashed, vertical lines on characteristics of flow rate for different positions
of the spool x and load pressures p2 in Fig. 16. Basing on these positions, cross points
with flow rate Q characteristics for different load pressures p2 were read from Fig. 16.
Obtained points were used to create characteristic of the prototype flow control valve,
which is shown in Fig. 17.

Fig. 15. Characteristics of drop pressure at throttle valve in function of position of the spool for
different load pressure.

Fig. 16. Characteristics of flow rate in function of position of the spool for different load pressures.
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Fig. 17. Characteristic of the prototype flow control valve.

5 Conclusion

In the article experimental and computationalmethodwas used to determine the behavior
of the prototype flow control valve. CFD simulations were conducted for 610 configu-
rations and results were used to determine the flow characteristic of the prototype flow
control valve. For example, Fig. 18 presents comparison between results of laboratory
test and CFD simulations for throttle valve setting α = 0°.

Both methods have given valuable results. However, separately they did not give the
full information about valve operation, but together they proved to be complementary.
Thanks to the experimental data the computational model was improved and then val-
idated. Results of laboratory tests and CFD simulations have satisfactory convergence,
what is shown in Fig. 18. It is assumed that the convergence can be further improved by
including hydrodynamic forces in CFD model. The main problem, that is so far unre-
solved is the fact that the results of computational simulations do not show characteristic
flow rate drop (Fig. 8) which occurs during laboratory tests. Since CFD simulations did
not show relation between flow phenomena and flow rate drop, it is very probable that
phenomenon is related with friction or hydrodynamic forces, which were not included
in CFD analysis.

The methodology of determining characteristics of the flow control valve from sim-
ulation proved to be accurate. It has also given very valuable information about spool
position during the operation of the valve, which so far has not been reliably measured.

Fig. 18. Comparison between results from laboratory test and CFD simulation [8].
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The future work will concentrate on improving the CFD model and on building
new test stand, which will allow to obtain more information about the prototype, which
hopefully will help to develop new design free of the malfunctions described earlier.
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5. Śliwiński, P.: Regulator przepływu// W: Badanie, konstrukcja, wytwarzanie i eksploatacja

układów hydraulicznych/ ed. Prof. dr hab. inż. Adam Klich, Dr inż. Antoni Kozieł ul.
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11. Lisowski, E., Czyżycki, W., Rajda, J.: Three dimensional CFD analysis and experimental
test of flow force acting on the spool of solenoid operated directional control valve. Energy
Convers. Manag. 70, 220–229 (2013)

12. Lisowski, E., Rajda, J.: CFD Analysis of Flow Forces Acting on the Spool of Directional
Control Valve Type WE10J, Technical Transactions Mechanics, 2-M (2015)

13. Menter, F.R.: Two-equation eddy-viscosity turbulence models for engineering applications.
Am. Inst. Aeronaut. Astronaut. J. 32(8), 1598–1605 (1994)

14. Menter, F.R., Kunts, M., Langtry, R.: Ten years of industrial experience with the SST
turbulence model. Turbul. Heat Mass Transf. 4 (2003)

15. Technical Brief Innovative Turbulence Modeling: SST Model in ANSYS CFX 11(4) (2004)



Experimental Research of an Axial Piston Pump
with Displaced Swash Plate Axis of Rotation

Paweł Załuski(B)

Faculty of Mechanical Engineering, Gdansk University of Technology, Gdańsk, Poland
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Abstract. The article describes the influence of displacement of the swash plate
rotation axis on the efficiency of axial piston pumps. The dead space volume was
defined as the volume of the working chamber in the extreme position of the piston
at the end of the pumping phase and its variability was determined as a function of
the position of the axis of rotation of the swash plate and the swing angle of swash
plate. The influence of swash plate rotation axis displacement on leaks between
piston and cylinder was determined. It has been proven that displacement of the
swash plate rotation axis reduces the dead space volume and leaks, thus improving
the volumetric efficiency visible at small swash plate swing angles. The results of
a comparative study of the volumetric and total efficiency of amodified design of a
pump that allows the rotation axis to be repositioned are presented. The efficiency
curves for the swash plate rotation axis crossing the shaft rotation axis and for the
displaced swash plate axis of rotation are compared. The article also presents the
author’s construction of an axial piston pump with displaced swash plate rotation
axiswith a follow-upmechanism of capacity change controlled by a steppermotor.
The diagram and view of the test stand are shown, as well as the results of tests
of volumetric and hydromechanical pump efficiency.

Keywords: Hydraulics · Piston pump · Efficiency

1 Introduction

Piston pumps with swivel swash plate are often used in modern hydraulic systems. The
design of such pump is schematically shown in Fig. 1. Shaft (1) is connected to drum
(2) by means of a spline. In the drum there are pistons (4) in cylindrical chambers,
finished with slippers (5). Pistons, during the rotation of the drum, due to the contact of
slippers with the swash plate (6), perform the reciprocating movement in the cylindrical
chambers. The face of the rotating drum contacts a fixed timing plate (3) with two kidney
holes. One of these openings is connected to the suction port and the other to the pump
delivery port. Thus, the cylinder chambers fromwhich the pistons slide out are connected
to the suction channel by means of a timing plate and the liquid is sucked in. As the shaft
continues to rotate and the pistons pass through the dead-end, they begin to approach
the timing plate - then the chambers are connected to the delivery channel and liquids
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are pressed out of the chambers [1, 3]. Figure 1 also indicates the volume of dead space,
i.e. the volume occupied by the fluid in the cut-off cylinder chamber when the piston is
in its extreme position at the end of the pressing phase [4, 5].

Fig. 1. Working mechanism of axial piston pump [8]: 1 - shaft; 2 - cylinder drum; 3 - timing plate;
4 - piston; 5 - slipper; 6 - swash plate; 7 - dead space volume; γmax - max swing angle.

2 Materials and Methods

2.1 Displacement of Swash Plate Rotation Axis

The standard axial piston pumps have one thing in common: the swash plate axis of
rotation crosses the shaft axis of rotation. The volume of the dead space increases as the
swing angle of swash plate decreases (see Fig. 2a). If the axis of rotation of the swash
plate is displaced as shown in Fig. 2b, the volume of this spacewill be constant regardless
of the swing angle of swash plate. The displacement of the pump Vs is a function of
swash plate swing angle γ , piston spacing D and piston diameter dt [1–3]:

Vs = πd2
t

4
· D · tanγ (1)

If the axis of rotation of swash plate intersects the axis of rotation of the shaft, as in
Fig. 2a, then for the angle γmax the volume of dead space is minimal and increases with
the reduction of the swing angle of swash plate γ according to the following relation
[8]:

VD = VDmin + πd2
t

8
· D(tanγmax − tanγ ) (2)

VDmin is the minimum dead space volume for maximum swing angle of swash plate
γmax. This space includes a part of the cylinder, the window of the cylinder drum and
the empty space inside the piston.
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Fig. 2. Comparison of changes in the volume of dead space as a function of the swing angle of
swash plate for a pump with the axis of rotation of the swash plate intersecting with the axis of
rotation of the shaft a), and a pump with shifted axis of rotation of the swash plate b) [7].

2.2 Influence of Displacement of Swash Plate Rotation Axis on the Dead Space
Volume

Figure 3 shows the situation when the axis of rotation of the swash plate is shifted in
relation to its original position by ax and ay. The boundary condition is that the swash
plate is positioned at its maximum swing angle to obtain a minimum volume of dead
space VDmin. Thereby, regardless of the position of the axis of rotation of the swash
plate, its position at the maximum swing angle will be the same. Consider the situation
of the rotation of the swash plate relative to the displaced center of rotation from the
angle γmax to the angle γ in a system of coordinates with the center in the place where
the center of rotation of the swash plate was originally located.

Fig. 3. Shift of the rotation axis of the swash plate by ax and ay in relation to the axis of rotation
intersecting the axis of the shaft [8].
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The volume of dead space as a function of the position of the center of rotation and
the swing angle of the swash plate may be described as [8]:

VD = VDmin + πd2
t

4

[
D

2
tanγmax −

(
D

2
− C

)
tanγ

]
(3)

The coefficient C depending on ax and ay will be [8]:

if ax ≥ ay tanγmax C =
∣∣∣ ax
tanγmax

− ay
∣∣∣√ 1

tan2γ
+ 1√

1
tan2γmax

+ 1
− ax

tanγ
+ ay (4)

if ax ≤ ay tanγmax C = −
∣∣∣ ax
tanγmax

− ay
∣∣∣√ 1

tan2γ
+ 1√

1
tan2γmax

+ 1
− ax

tanγ
+ ay (5)

Example results of simulation of a change in the dead space volume as a function of the
position of the center of rotation of the swash plate is presented in Fig. 4. The greatest
influence on changes in the dead space volume has the movement of the axis of rotation
in the direction ay.
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Fig. 4. Change of the dead space volume as a function of the position of the swash plate rotation
axis for the pump with parameters: D = 58 mm; dt = 14,15 mm; γ = 1°; γmax = 15,65°; VDmin
= 4,27 cm3; ΔVm - change of the dead space volume [8].

2.3 Influence of the Dead Space Volume on the Volumetric Flow Losses

At the end of pumping phase, the residual oil under high pressure is located in the dead
space. Thus, when the suction manifold opens, the medium cannot be sucked at the
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beginning of cycle, because the oil contained in the dead space expands, causing back-
flow to the suction duct. Therefore, the volume of actually sucked oil is reduced, thus
decreasing the volumetric efficiency. The higher delivery pressure and the larger dead
space, there is the higher influence on the phenomenon mentioned above.

The change in the volume of the expanded oil at a pressure drop Δp will be [5]:

�Vc = VD · �p

KI − �p
(6)

Since the phenomenon of liquid expansion in the pump is adiabatic, the secant
isentropic bulk modulus KI should be used to describe it. The resulting flow rate losses
for a pump driven at speed n with the number of pistons z can be determined as:

�Qs = �Vc · n · z (7)

These losses directly affect the reduction of the flow generated by the pump and thus
the volumetric efficiency.

2.4 Influence of Displacement of Swash Plate Rotation Axis on the Length
of Piston - Cylinder Gap

Figure 2 shows that the displacement of the swash plate rotation axis is carried out under
the condition that the position of the swash plate for the maximum angle is the same as
for a pump with a non-translocated rotation axis, causing the pistons to slide more into
the cylinder drum, hence for the disc rotation angle γ 2 the distance of the piston face
from the bottom of the cylinder chamber changes from L0 to Ld . The difference is:

sd = Lo − Ld = −C · tanγ (8)

The length of the piston-cylinder gap depends on the angle of rotation of the shaft
[6], so greater insertion of pistons into the cylinder drum will result in an increase in the
average length of the piston-cylinder gap and will reduce the leakage occurring in this
node.

2.5 Influence of Displacement of Swash Plate Rotation Axis on the Volumetric
Efficiency

Comparative tests were carried out in the Laboratory of Hydraulics of the Gdansk Uni-
versity of Technology on a pump with the possibility of moving the swash plate axis of
rotation. The basic parameters of the pump were as follows:

– piston spacing D = 58 mm
– piston diameter dt = 14,15 mm
– maximum swing angle of swash plate γmax = 15,65°
– minimal volume of dead space VDmin = 4,27 cm3

The results of the tests shown in Fig. 5 showed a noticeable increase in volumetric
efficiency for small swing angles of swash plate. These tests confirmed the influence of
the position of the swash plate axis of rotation on the volumetric efficiency and were an
impulse to design a variable displacement pump with a displaced axis of rotation.
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Fig. 5. Volumetric efficiency as a function of the swash plate swing angle for the pump with axis
of rotation intersecting the axis of rotation of the shaft and for a pump with the axis displaced by
ax = aytanγmax and ay = D/2 (AD); ν = 40cSt, n = 1500 rpm [8].

3 Results

3.1 Prototype Pump Construction

The pump shown in Fig. 6 is a prototype construction where the axis of rotation of the
swash plate is displaced so that the volume of the dead space remains constant when the
swash plate swing angle is changed. The swash plate (2) is fixed in the body by two bolts
(3), which form its axis of rotation. The capacity is changed by using a piston (7) ended
with a roller. The torque that loads the swash plate has the same turn every time, so there
is no need for additional spring support of the plate. The change of the pump capacity
is done by moving the control spool (10) by means of the stepper motor (11). This
spool controls the flow of liquid through the moving cylinder (12) to the chambers of
the actuator (7). Feedback is realized mechanically. Pusher (8) through lever (9) acts on
cylinder (12) bymoving it in the direction of the control slidermovement. Themovement
of the cylinder continues until it reaches the appropriate position in relation to the control
spool. The kinematic ratio of the mechanism, i.e. the ratio of piston stroke (7) to control
spool stroke (10), depends on the length and position of the center of rotation of lever (9).
A spring (13) acts on cylinder (12), which eliminates clearance in the mechanism and
presses cylinder (12) against lever (9). This pump can have two directions of pressing
and can be used for hydraulic closed systems. In such a construction, the pump has
a symmetrical design, has two displacement pistons and two follow-up mechanisms.
When changing the direction of flow, it is necessary to move the axis of rotation by
means of hydraulically controlled bolts (3). Main parameters of tested pump were as
follows:

– geometric displacement q = 40 cm3/rev
– pistons spacing D = 67 mm
– piston diameter dt = 15,17 mm
– number of pistons z = 9
– dead space volume VD = 3,244 cm3

– max swash plate swing angle γmax = 20°
– nominal pressure pnom = 35 MPa



Experimental Research of an Axial Piston Pump 141

Fig. 6. Axial section of prototype piston pump: 1 - shaft; 2 - swash plate; 3 - bolt; 4 - cylinder
drum; 5 - timing plate; 6 - piston; 7 - capacity change piston; 8 - pusher; 9 - lever; 10 - spool; 11
- stepper motor; 12 - cylinder; 13 - spring.

Figure 7 shows the operation of themechanismof changing capacitywhen increasing
the swash plate swing angle. The follow-up mechanism is delivered straight from the
pump pressure collector.

Fig. 7. The functioning of the follow-up mechanism: color red - powered; color blue - drain.

3.2 Test Stand

A scheme of the test stand is shown in Fig. 8. A view of the test stand is shown in Fig. 9.
The tested pump was supplied with a supply pump. The suction pressure is regulated
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by a relief valve (5) and the delivery pressure by a valve (6). During the tests, pressures
in front of and behind the pump, oil temperature in the suction connection, flow rate,
torque and speed were recorded. Used working fluid was mineral oil of viscosity class
VG 46.

Fig. 8. Scheme of the test stand: 1 - tested pump; 2 - supply pump; 3 - filtering unit; 4 - 70 kW
DC electric motor; 5 - suction pressure regulator relief valve; 6 - relief valve 0–40 MPa; 7, 8 - oil
filters; 9 - cooler; 10 - 12 × 1,6 kW electric heaters; 11, 12 - pressure gauges; 13 - piston flow
meter PT-200; 14 - torque meter HBM T1 500 Nm; 15 - optical speed sensor; 16, 17 - temperature
transmitters; 18 - leakage measurement tank; 19 - oil tank 1700 l [9].

Fig. 9. View of the test stand: 1 - electric motor; 2 - speed measurement; 3 - torque measurement;
4 - clutch; 5 - tested pump; 6 - pressure line; 7 - temperature measurement; 8 - suction line; 9 -
leakage line [9].
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A list of used test apparatus is presented in Table 1.

Table 1. List of test apparatus.

Instrument Range Accuracy class Max error

Manometer MPS-02 0–1,6 MPa 0,2 0,006 MPa

Manometer KFM 0–40 MPa 0,6 0,25 MPa

Thermocouple 0–70 °C 1 1,7 °C

Piston flow meter PT-200 0,3–200 l/min 0,2 0,4 l/min

Torque meter HBM T1 0–500 Nm 0,2 1,01 Nm

Incremental encoder 0–3000 rpm – rpm

3.3 Efficiency Characteristic

Volumetric and hydromechanical efficiency as a function of differential pressure and
swash plate swing angle for viscosity 20 and 40cSt and rotational speed 2000 rpm are
shown in Fig. 10 and 11.
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Fig. 10. Volumetric efficiency as a function of differential pressure for different swash plate swing
angles and viscosities 20 and 40cSt for 2000 rpm [9].
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Fig. 11. Hydromechanical efficiency as a function of differential pressure for different swash
plate swing angles and viscosities 20 and 40cSt for 2000 rpm [9].

4 Results

The prototype of an axial piston pumpwith a displaced axis of rotation of the swash plate,
based on a commercial pumpworkingmechanism (pistons with slippers, cylinder barrel,
timing plate), has achieved a satisfactory volumetric efficiency, comparable to that of
commercial pumps. Due to the fixed dead space volume, independent of the swash plate
swing angle, the volumetric efficiency was improved for small swash plate swing angles
and high pressures. The reason for the reduced hydromechanical efficiency is probably
due to a shaft that is too long and can vibrate during pump operation. Tests have also
shown problems with the follow-up mechanism, such as too much leakage through the
directional valve and too high friction forces on the follow-up cylinder seals, causing it
to lock. The results of the tests will be used to create a second, upgraded prototype.

The article is a result of project funded by The National Centre for Research and
Development within the framework of program LIDER.

Project no.: LIDER/22/0130/L-8/16/NCBR/2017 Project title: Hydro-mechanical
automatic gearbox for agricultural vehicles and heavy machinery. Value of funding: 1
197 500,00 PLN.
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Abstract. The study presents the proposed intelligent real-time control system
(IRCS) used to the forging process control on the 80 MN hydraulic forging press
(HFP). It is a new control system applied to the industrial open-die forging in
the process of elongation heavy large steel forgings. An innovative, energy-saving
power supply system for the 80MNHFPwas presented. IRCS based on the param-
eter prediction of the forging process was developed. Compared to the previous
work [1], the authors developed an IRCS for the forgings process control, which
includes a model predictive control (MPC) of the multiple-input and multiple-
output (MIMO) system, a predictive forging force model (PFFM), a recursive
polynomial model estimator (RPME) and a discrete-time non-linear state-space
model of the hydraulic system (MHS). The main goal of these studies was to
develop and implement an innovative industrial process for hot open-die forging
heavy, large, and hard-deformable steel forgings on the 80MNHFP. Expectations
that the application of IRCS will improve the quality and durability of forged
products as well as increase the energy efficiency of the forging process have been
met.

Keywords: Hydraulic forging press · Forgings process · Energy-saving power
supply · Real-time control system

1 Introduction

The study aimed to develop and implement a ground-breaking open die forging process
for heavy large steel forgings with the use of an innovative, energy-saving power supply
and intelligent real-time control system (IRCS) for the forging process control on the
80 MN hydraulic forging presses (HFP). Heavy large forgings find buyers mainly in
the shipbuilding, machinery, energy, and metallurgical industries [2–4]. This study will
contribute to significant quality and endurance parameters improvement of forged prod-
ucts, energy-saving, reducing natural gas consumption, and reducing CO2 emissions.
The results of this study will be implemented at the Forged Products Department (FPD)
of Celsa Huta Ostrowiec (CHO), Celsa GrupTM steel plant in Poland, in the form of
a pilot manufacturing technology. This will allow the company to improve its compet-
itive position in the international market, as well as acquire new recipients of hardly
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to Springer Nature Switzerland AG 2021
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deformable heavy forgings. The CHO manufactures ingots, forgings, and final products
on its own. The production process includes steel melting, forging, heat treatment, and
machining. The CHO uses three innovative solutions for steel smelting and casting [5].
Figure 1 shows a manufacturing cycle of forged products at the CHO.

Fig. 1. Manufacturing cycle of forged products at the CHO: 1 – scrap processing, 2 – scrap
melting, 3 – heating in a ladle furnace, 4 – vacuum degassing, 5 – molding, 6 – initial heat
treatments, 7 – forging press, 8 – inter-operative heating, 9 – mechanical pre-treatment, 10, 11
– heating, 12 – quenching, 13 – mechanical post-treatment [5]

Fig. 2. View of the 80 MN HFP when forging hot ingot (photo FPD)

In FPD operates an industrial HFPs with the forces of 20, 32, and 80 MN for hot
open die forging. The view of 80 MN HFP and feedstock (ingot) during hot open-die
forging is shown in Fig. 2.
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The FPD is equipped with a melt shop, hydraulic forging presses, and modern
machines producing finished products with mechanical and thermal treatment. The FPD
is a leading European manufacturer of open die forgings for strategic industries: power
generation, oil & gas, engine, tool steel, and metal processing. Forged components are
made for the world’s largest suppliers of wind turbines, high power plant turbines, and
global corporations in the energy and mining sectors. The FPD operates an industrial
HFPs, which is widely used for hot free forging and hot open die forging in the process
of shaping heavy large steel components. Figure 3 shows the machining of a monolithic
shaft of a marine engine, as well as the final product of the machine drive shaft.

Fig. 3. Machining of a monolithic shaft of a marine engine and final product of the machine
driveshaft (photo FPD)

2 Energy-Saving Power Supply System

Themain goal of the research project is to use an innovative, energy-saving power supply
and control system in HFP in order to optimize the forging process of heavy, large, and
hard-deformable forgings. The technical level of such a solution is not available from
competitors of FPD but is wanted in the forging industry [6]. Therefore, it is necessary
to solve the following problems that are typical of industrial HFPs:

1. Adjustment of supply power during the operating cycle of the press, depending on
the resistance forces of deformable material.

2. Limitation of hydraulic leaks in plunger cylinders.
3. Reduction of pressure pulsations in the high-pressure pipes.
4. Reduction of pressure drops in the hydraulic pipelines.
5. Adaptation of pump performance to the speed of working plungers.
6. Maintaining high pressure in the working plungers during the forging process.

In the previous work [1], the authors analysed industrial HFPs power supply systems
by Wepuko Pahnke, Oil Gear, Hauhinco, Inoxihp, Schäfer & Urbach, SMS Meer. As a
result, an innovative, parallel energy-saving power supply system of the 80MNHFPwas
used (see Fig. 4). Such a power supply system consists of two parallel hydraulic circuits:
one with non-adjustable piston water pumps (pressure 32MPa and flow 2000 l/min) and
the other with an adjustable radial water pump (pressure 42 MPa and flow 500 l/min).
The speed and accuracy position of the plunger cylinder is more accurately controlled
compared to the standard solutions.
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Fig. 4. Diagram scheme of the energy-saving power supply system of the 80 MN HFP

3 Forging Process Simulation

The study concerns an industrial open-die forging process for elongation heavy large
steel forgings. The geometry of the forging during the elongation forging process is
shown in Fig. 5.

Fig. 5. The geometry of the forging with the initial dimensions: height h0, width b0, and length
l0 and one forging pass each: height h, width b, and length l
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A schematic diagram of the 80 MN HFP control system is shown in Fig. 6.
Figure 6 shows the parameters used in the dynamic simulation of the 80 MN HFP.

It is common practice to simulate industrial deformation processes of forgings before
executing industrial trials. In the 80 MN HFP dynamic simulation, a discrete-time non-
linear state-space model was used:{

x(k + 1) = f (x(k)) + g(x(k)) u(k)
y(k) = C x(k)

(1)

with constraints: umin ≤ u(k) ≤ umax , umin ≤ y(k) ≤ ymax .
where x(k) ∈ �n is the state vector, u(k) ∈ �m is the input vector, y(k) ∈ �p is the
output vector, f (x(k)) and g(x(k)) are the nonlinear functions, C ∈ �p+n, umin and ymin
are the vectors of lower bounds, umax and ymax are the vectors of upper bounds.

During simulation and control of the 80 MN HFP, it takes into account three phases
of the industrial forging process:

1. The drop of the upper die to contact the forging.

Fig. 6. Schematic diagram of the 80 MN HFP control system: C1 – main (working) plunger
cylinders, C2 – return plunger cylinders, V1 – proportional directional 4/4/control valve, P –
water pump station, A – high-pressure water accumulators, Tr – movable traverse, Ud – upper die,
Dd – down die, Up – upper plate for fixing the upper die, Ta – table for fixing the down die, S1
– infrared temperature sensor T, S2 – position transducer y(t), S3 – pressure transducer p(t)
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2. Deformation process of the forging.
3. Return of the upper die above the forging,

The following parameters were taken into account in the simulation modeling of the
forging process: plunger displacement y(t), forging deformation h(t), plunger speed v(t),
working pressure p1(t), and return pressure p2(t) in the press cylinders. Forging process
simulation results are shown in Figs. 7 and 8.

Fig. 7. Forging process simulation results: plunger displacement y(t), forging deformation h(t),
and plunger speed v(t)

Fig. 8. Forging process simulation results: working pressure p1(t) and return pressure p2(t) in the
press cylinders
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4 Forging Process Control

In the study, IRCS with a prediction of manufacturing results (PMO) as an innovative
control method of the deformation forgings process was used. It is amethod of predicting
the further course of the forgingdeformationprocess. Theuseof predictivemethods in the
manufacturing industry is met with skepticism. However, Industry 4.0 and the constant
drive to optimize the cost of forged products prompts many companies to consider using
prediction methods to improve the quality of forged products. This especially applies to
the forgingprocess of large andheavy forgings,which is characterizedby ahighdeviation
in the quality of the forgings. A large number of rejected and reworked forgings have a
serious impact on the cost of production. The control of the forging process should be
adapted to the environmental conditions, measurement of parameters, and time-varying
events occurring during the deformation of the forgings. In subsequent studies, the use
of an adaptive control system for forging presses will be considered [7].

The main task of the IRCS is to control the HFP cycle, taking into account the
phases of the open-die forging process. The static parameters are known, but the time-
varying dynamic parameters having a direct impact on the forging process and the quality
and strength of the final product are unknown. Despite simulating the parameters of
the forging process with the use of various advanced programs, such as FORGE, it is
difficult to avoid deformation errors of forgings. The HFP control takes into account
the parameters of the forging process, such as forging/deformation force, deformation
strain rates, and deformation temperature. The quality of the forging process is also
greatly influenced by uncontrolled hydraulic transients, such as volumetric elasticity
(compressibilitymodulus) of theworking fluid, as well as leakage in the plunger cylinder
[8]. The basis of IRCS operation is the time-varying parameters of the forging process,
such as the compressive force F(t), the pressure p(t), and the plunger displacement y(t).
These parameters are recorded in real-time, directly during the forging process. While
the temperature T of the forgings is always measured at the beginning of each pass of
the forging process. A schematic diagram of the IRCS for the forgings process control
on the 80 MN HFP is shown in Fig. 9.

Fig. 9. Schematic diagram of the IRCS for the forgings process control on the 80 MN HFP
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The IRCS used to the forgings process control on the 80 MN HFP contains the
following modules (see Fig. 9): model predictive control (MPC) of the multiple-input
and multiple-output (MIMO) system, the predictive forging force model (PFFM), the
recursive polynomial model estimator (RPME) and the nonlinear state-space equations
containing a dynamic model of the hydraulic system (MHS). The MPC is an optimiza-
tion control method that uses the current state and a predictive model to obtain the
optimal input vector by solving the optimization problem [9, 10]. The RPME estimates
the discrete-time of polynomial models of ARIMAX (autoregressive integrated moving
average with explanatory variable) structures. The multiple MPC was used to predict
control of the forging process, which includes two independent algorithms: deforma-
tion/forging forces F(t) algorithm and plunger displacement y(t)/forgings height h(t)
algorithm. The predictive control (PC) is based on the measurement of input parameters
recorded in real-time. The plunger displacement y(t) is measured using a position trans-
ducer, the pressure p(t) in the working cylinder is measured using a pressure transducer,
and the forgings temperature T is measured by an infrared temperature sensor. The goal
of the MPC is to minimize the difference between the reference control signals yref (t)
and pref (t) and predicted control signals ypre(t) and ppre(t) for optimal input signals uy
and up in the control valve [1]:

{
min uy Jh(yref , ypre)

min up Jp(pref , ppre)
(2)

where Jh and Jp are the objective functions.
The results of the predictive response for the plunger displacement y(t) and the

working pressure p(t) are presented in Figs. 10 and 11.

Fig. 10. Predictive response for plunger displacement y(t): 1 – reference control signal yref (t), 2
– predicted control signal ypre(t)
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Fig. 11. Predictive response for working pressure p(t): 1 – reference control signals pref (t), 2
– predicted control signal ppre(t)

The used IRCS to the forging process control on the 80MNHFP gives greater possi-
bilities of accurate shaping of heavy, large forgings during the open-die forging process.
Its main advantage is the repeatability of the forging process and the minimization of
size deviations δh of the forgings (see Fig. 12).

Fig. 12. The size deviation δh of the forgings

5 Conclusion

The paper contains completely new, previously unpublished results on the use of IRCS
to control the forging process on 80 MN HFP. The presented test results are of practical
importance for the industrial forging process in the elongation of heavy, large, and hard-
deformable steel forgings. The research was carried out in cooperation with FPD CHO
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andwas aimed at the implementation of the industrial production of forgings. The applied
IRCS solution includes the model predictive control (MPC) of a multiple-input and
multiple-output (MIMO) system, a predictive forging force model (PFFM), a recursive
polynomial model estimator (RPME) and a discrete-time non-linear state-space model
of the hydraulic system (MHS). The goal of the prediction control was to minimize
the difference between the reference control signals and predicted control signals for
optimal input signals in the control valve. The aim of the research was achieved, the
high repeatability of the forging process and the minimization of dimensional deviations
of the forgings were obtained. Energy consumption and gas consumption during the
forging large heavy forgings were estimated. Ultimately, the reduction in electricity
consumption is to amount to approx. 20% and the reduction of gas consumption is to
amount to approx. 25%. After reducing the number of indirect reheating operations,
gas consumption decreased. Thanks to the use of the 80 MN HFP energy-saving power
supply system, the energy consumption per ton of forgings is to be reduced by 45%,
and the water savings are to be approx. 10% by reducing leakages in hydraulic plunger
cylinders. By reducing pressure pulsation and limiting the hydraulic strike effect, it
is expected to reduce the noise level to 80 dB. Limiting the influence of hydraulic
transients not only extends the life of the hydraulic components but also affects the
quality of forged products. Increases the energy efficiency of the forging process is
environmentally advantageous.
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Abstract. Digital fluid powermeans a hydraulic plant having one ormore discrete
valued components actively controlling the system output. In this paper authors
present a solution of parallel connected of six fixed pumps. The proposed digital
pumping system consists of an electrical single speed motor, fixed displacement
pumps, an electromechanically repartition element and an electronic controller.
This complex system which can achieve 63 flows was made in our Research
Institute and in present is in the Digital hydraulic laboratory for tests.

Keywords: Digital hydraulics · Digital hydraulic pump · Pumping system ·
Electromechanical distributor

1 The Concept of Digital Hydraulics

In recent years, hydraulic systems have an increasingly important competition from the
electric and electromechanical ones, especially in terms of energy efficiency. The basic
criterion, on which the systems comparison is made, consists on a closer value for the
spent energy to the necessary energy, useful for actuating any machine, but especially
in the case of the mobile ones in agriculture and construction. Hydraulics can no longer
be competitive with overall efficiency of 35%–50%, so with a huge energy waste that
exceeds half of the consumed one.

Among the solutions of recent years, where specialists in hydraulic actuators try to
reduce energy losses, the use of digital hydraulics is also included. It should be noted that
digital hydraulics does not mean traditional, classical or modern hydraulics with analog-
type elements that we drive with digital electronics. Digital hydraulics means hydraulic
systems that have at least one hydraulic element that ensures at the output, accurate
discrete values, actively controlled with appropriate electronics, so a good computeri-
zation of the system. At European level it seems that the idea of digital hydraulics with
parallel connection and digital hydraulics based on switching technology is accepted.
An interesting synthesis is made by Prof. Scheidl (Linz) [1] starting from an article by
Professor Linjama (Tampere) [2] and presented in this material in Fig. 1. Although it
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seems that, the digital solution with parallel connection, is complicated and involves
many elements, things are simpler and easier to achieve in reality.

Fig. 1. The examples of digital hydraulics with parallel connection and based on switching
technology [1, 2].

2 Digital Hydraulic Pumps

From all the elements of digital hydraulics that have passed the prototype phase, the
only ones entered in series production are the piston pumps developed by the company
ARTEMIS. Luke Wadsley from Sauer proposes a functional scheme (Fig. 2) of the
pump in which the basic solution of a simplified pumping element is presented [3].
Finally, the pump is made from the assembly of several basic elements. Each element is

Fig. 2. Digital pumping element [3].
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independently controlled, with specific electronics, being thus realized a digital pump,
as a whole, that can ensure the flow required by the load, reducing the energy losses.

There are many elements involved in the reduction of energy losses in the case of
digital pumps compared to the classic pumps with axial pistons, which, for example, in
addition to the fluid flow changes the reduced noise produced, advantage is added, which
helps the faster implementation of the new technology in complex machines. The digital
pumping element is based on a cylinder with piston and two check valves integrated
with a fast acting repartitor and a suitable electronics.

The only company that produces digital hydraulic pumps in series is ARTEMIS,
which has managed to provide for flow changes a time response below 30 ms, which
allows a good functioning for hydraulic installations on mobile machines. An industrial
version is shown in Fig. 3.

Fig. 3. Digital pump made by ARTEMIS.

3 Digital Pumping Systems with Electromechanical Repartitor

The pumping systemwith multiple pumps proposed by the authors is a fairly old general
idea, the novelty referring to the fact that in this situation it is a complex pumping system,
which ensures the variation of flowrates through a special selection of fixed displacement
pumps. Through the construction of the repartitor and the choice of fixed pumps, a digital
delivery of the flow is ensured, being obtained flowrates of different values at different
orders. Since the size of the fixed flows delivered by the fixed pumps of the system are
realized in a binary scheme it can be accepted that the whole system becomes a digital
pumping system.

A similar solution in principle, only as a hydraulic scheme, and with a summary
analysis, was presented at HERVEX 2012 by the German specialist H. Theissen from
the Technical University of Aachen [4, 5].

The solution presented in this article consists of a single drive motor, six pumps with
different displacement, respecting the increase in size under binary numbers conditions,
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a single simple and robust mechanical part, a simple system for selecting the pumps by
driving them with electromagnetic disc couplings, controlled by the digital electronic
block, which selects according to the indications from the Table 1, which pumps are
switched on and which pumps remain inactive.

The advantages of the digital pumping system are:

– Simplify the mechanical block simultaneously with increasing the level of com-
paction.

– With a number of six fixed pumps, three of the same displacement size and driven at
three different speeds, a range of 63 flowrates is easily accessible through an extremely
simple digital electronic control. The 63 values of flows finally ensure a precision of
approximately 2%.

– The fixed pumps, that are not involved in achieving the chosen flow, are not driven, the
electromagnetic coupling being inactive and as a result reduces the power consumption
to the level of the necessary value and also reduces the wear.

– The pressure level taken into account is 210 bar, provided by a motor with a power
around 68 kW with a speed of 1450 rpm.

Figure 4 shows the hydraulic diagramof the system,which includes as basic elements
the six fixed pumps, chosen in two dimensional sizes, together with the three speeds
obtained through the electromechanical distributor will deliver six different, fixed flows,
located in a binary sequence. A very important role is played by the six electromagnetic
couplings with discs, that will drive or not, the six fixed pumps, realizing the usable flow
to the required size. The electrical control panel contains the electric drive system and
the electronic block for selecting and controlling the flow by actuating the couplings,

Fig. 4. Digital pumping system with electromechanical repartitor: 1 - electrical or thermal motor,
2- elastic coupling with bolts, 3 - electromagnetic coupling with discs, 4- fixed flow pump (PRD
size 1), 5- fixed flow pump (PRD size 2), 6 - one-way valves, 7 - electrical control panel, which
also includes the electronic control unit, 8 - pressure line.



Digital Pumping System with Electromechanical Repartition 163

according to the specifications from Table 1. The role of the check valves is to prevent
the flow from an active pump to return to an inactive pump and turn it into a hydraulic
motor.

The electromechanical repartitor (EMR) is made in a conical-cylindrical construc-
tion. The electric motor (ME) transmits the movement to the axis 1 of the repartitor
through a conical gear that amplifies the axis speed from 1450 min−1 to the speed n1 =
1600min−1. Themovement is transmitted from axis 1 to axis 2 and 3 through cylindrical
gears, thus obtaining the speeds n2 = 800 min−1 at axis 2 and n3 = 400 min−1 at axis 3.
Each axis has at the ends electromagnetic couplings with discs through which transmits
the movement to the pump on the respective axis.

In the example presented in Figs. 4 and 5 we have:

EMR – electromechanical repartitor;
P1- hydraulic pump with 8 cm3/rot displacement;
P2- hydraulic pump with 64 cm3/rot displacement;

The speeds of the three axes:

n1 = 1600 min-1;
n2 = 800 min-1;
n3 = 400 min-1.

Table 1. The fluid flow generated by the system based on the active pumps.

Active 
pump 
com-
bi-

nation

Ax.
1

Ax.
2

Ax
. 3

Ax
.1

Ax
. 2

Ax.
3

Flow
[l/min]

Necc. 
Power
[kW]

Motor
axis

torque
[daNm]

N
axis 1
[kW]

N
axis 2
[kW]

N
axis 3
[kW]Q6 Q5 Q4 Q3 Q2 Q1

1 P1 3.2 3.2 1.07 0.68 0 0 1.07

2 P2 6.4 6.4 2.13 1.36 0 2.13 0

3 P1+P
2 6.4 3.2 9.6 3.2 2.04 0 2.13 1.07

4 P3 12.
8 12.8 4.27 2.72 4.27 0 0

5 P3+P
1

12.
8 3.2 16 5.33 3.4 4.27 0 1.07

6 P3+P
2

12.
8 6.4 19.2 6.4 4.07 4.27 2.13 0

7 P3+P
2+P1

12.
8 6.4 3.2 22.4 7.47 4.75 4.27 2.13 1.07

8 P4 25.
6 25.6 8.53 5.43 0 0 8.53

9 P4+P
1

25.
6 3.2 28.8 9.6 6.11 0 0 9.6

10 P4+P
2

25.
6 6.4 32 10.67 6.79 0 2.13 8.53

11 P4+P
2+P1

25.
6 6.4 3.2 35.2 11.73 7.47 0 2.13 9.6

12 P4+P
3

25.
6

12.
8 38.4 12.8 8.15 4.27 0 8.53

(continued)
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Table 1. (continued)

Active 
pump 
com-
bi-

nation

Ax.
1

Ax.
2

Ax
. 3

Ax
.1

Ax
. 2

Ax.
3

Flow
[l/min]

Necc. 
Power
[kW]

Motor
axis

torque
[daNm]

N
axis 1
[kW]

N
axis 2
[kW]

N
axis 3
[kW]Q6 Q5 Q4 Q3 Q2 Q1

13 P4+P
3+P1

25.
6

12.
8 3.2 41.6 13.87 8.83 4.27 0 9.6

14 P4+P
3+P2

25.
6

12.
8 6.4 44.8 14.93 9.51 4.27 2.13 8.53

15
P4+P
3+P2
+P1

25.
6

12.
8 6.4 3.2 48 16 10.19 4.27 2.13 9.6

16 P5 51.
2 51.2 17.07 10.87 0 17.0

7 0

17 P5+P
1

51.
2 3.2 54.4 18.13 11.54 0 17.0

7 1.07

18 P5+P
2

51.
2 6.4 57.6 19.2 12.22 0 19.2 0

19 P5+P
2+P1

51.
2 6.4 3.2 60.8 20.27 12.9 0 19.2 1.07

20 P5+P
3

51.
2

12.
8 64 21.33 13.58 4.27 17.0

7 0

21 P5+P
3+P1

51.
2

12.
8 3.2 67.2 22.4 14.26 4.27 17.0

7 1.07

22 P5+P
3+P2

51.
2

12.
8 6.4 70.4 23.47 14.94 4.27 19.2 0

23
P5+P
3+P2
+P1

51.
2

12.
8 6.4 3.2 73.6 24.53 15.62 4.27 19.2 1.07

24 P5+P
4

51.
2

25.
6 76.8 25.6 16.3 0 17.0

7 8.53

25 P5+P
4+P1

51.
2

25.
6 3.2 80 26.67 16.98 0 17.0

7 9.6

26 P5+P
4+P2

51.
2

25.
6 6.4 83.2 27.73 17.66 0 19.2 8.53

27
P5+P
4+P2
+P1

51.
2

25.
6 6.4 3.2 86.4 28.8 18.34 0 19.2 9.6

28 P5+P
4+P3

51.
2

25.
6

12.
8 89.6 29.87 19.02 4.27 17.0

7 8.53

29
P5+P
4+P3
+P1

51.
2

25.
6

12.
8 3.2 92.8 30.93 19.69 4.27 17.0

7 9.6

30
P5+P
4+P3
+P2

51.
2

25.
6

12.
8 6.4 96 32 20.37 4.27 19.2 8.53

31

P5+P
4+P3
+P2+
P1

51.
2

25.
6

12.
8 6.4 3.2 99.2 33.07 21.05 4.27 19.2 9.6

32 P6 10
2 102.4 34.13 21.73 34.1

3 0 0

33 P1+P
6

10
2 3.2 105.6 35.2 22.41 34.1

3 0 1.07

34 P2+P
6

10
2 6.4 108.8 36.27 23.09 34.1

3 2.13 0

35 P1+P
2+P6

10
2 6.4 3.2 112 37.33 23.77 34.1

3 2.13 1.07

36 P3+P
6

10
2

12.
8 115.2 38.4 24.45 38.4 0 0

37 P3+P
1+P6

10
2

12.
8 3.2 118.4 39.47 25.13 38.4 0 1.07

(continued)
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Table 1. (continued)

Active 
pump 
com-
bi-

nation

Ax.
1

Ax.
2

Ax
. 3

Ax
.1

Ax
. 2

Ax.
3

Flow
[l/min]

Necc. 
Power
[kW]

Motor
axis

torque
[daNm]

N
axis 1
[kW]

N
axis 2
[kW]

N
axis 3
[kW]Q6 Q5 Q4 Q3 Q2 Q1

38 P3+P
2+P6

10
2

12.
8 6.4 121.6 40.53 25.81 38.4 2.13 0

39
P3+P
2+P1
+P6

10
2

12.
8 6.4 3.2 124.8 41.6 26.49 38.4 2.13 1.07

40 P4+P
6

10
2

25.
6 128 42.67 27.16 34.1

3 0 8.53

41 P4+P
1+P6

10
2

25.
6 3.2 131.2 43.73 27.84 34.1

3 0 9.6

42 P4+P
2+P6

10
2

25.
6 6.4 134.4 44.8 28.52 34.1

3 2.13 8.53

43
P4+P
2+P1
+P6

10
2

25.
6 6.4 3.2 137.6 45.87 29.2 34.1

3 2.13 9.6

44 P4+P
3+P6

10
2

25.
6

12.
8 140.8 46.93 29.88 38.4 0 8.53

45
P4+P
3+P1
+P6

10
2

25.
6

12.
8 3.2 144 48 30.56 38.4 0 9.6

46
P4+P
3+P2
+P6

10
2

25.
6

12.
8 6.4 147.2 49.07 31.24 38.4 2.13 8.53

47

P4+P
3+P2
+P1+
P6

10
2

25.
6

12.
8 6.4 3.2 150.4 50.13 31.92 38.4 2.13 9.6

48 P5+P
6

10
2

51.
2 153.6 51.2 32.6 34.1

3
17.0

7 0

49 P5+P
1+P6

10
2

51.
2 3.2 156.8 52.27 33.28 34.1

3
17.0

7 1.07

50 P5+P
2+P6

10
2

51.
2 6.4 160 53.33 33.96 34.1

3 19.2 0

51
P5+P
2+P1
+P6

10
2

51.
2 6.4 3.2 163.2 54.4 34.63 34.1

3 19.2 1.07

52 P5+P
3+P6

10
2

51.
2

12.
8 166.4 55.47 35.31 38.4 17.0

7 0

53
P5+P
3+P1
+P6

10
2

51.
2

12.
8 3.2 169.6 56.53 35.99 38.4 17.0

7 1.07

54
P5+P
3+P2
+P6

10
2

51.
2

12.
8 6.4 172.8 57.6 36.67 38.4 19.2 0

55

P5+P
3+P2
+P1+
P6

10
2

51.
2

12.
8 6.4 3.2 176 58.67 37.35 38.4 19.2 1.07

56 P5+P
4+P6

10
2

51.
2

25.
6 179.2 59.73 38.03 34.1

3
17.0

7 8.53

57
P5+P
4+P1
+P6

10
2

51.
2

25.
6 3.2 182.4 60.8 38.71 34.1

3
17.0

7 9.6

58
P5+P
4+P2
+P6

10
2

51.
2

25.
6 6.4 185.6 61.87 39.39 34.1

3 19.2 8.53

59
P5+P
4+P2
+P1+

10
2

51.
2

25.
6 6.4 3.2 188.8 62.93 40.07 34.1

3 19.2 9.6

(continued)
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Table 1. (continued)

Active 
pump 
com-
bi-

nation

Ax.
1

Ax.
2

Ax
. 3

Ax
.1

Ax
. 2

Ax.
3

Flow
[l/min]

Necc. 
Power
[kW]

Motor
axis

torque
[daNm]

N
axis 1
[kW]

N
axis 2
[kW]

N
axis 3
[kW]Q6 Q5 Q4 Q3 Q2 Q1

P6

60
P5+P
4+P3
+P6

10
2

51.
2

25.
6

12.
8 192 64 40.75 38.4 17.0

7 8.53

61

P5+P
4+P3
+P1+
P6

10
2

51.
2

25.
6

12.
8 3.2 195.2 65.07 41.43 38.4 17.0

7 9.6

62

P5+P
4+P3
+P2+
P6

10
2

51.
2

25.
6

12.
8 6.4 198.4 66.13 42.1 38.4 19.2 8.53

63

P5+P
4+P3
+P2+
P1+P
6

10
2

51.
2

25.
6

12.
8 6.4 3.2 201.6 67.2 42.78 38.4 19.2 9.6

A first condition for EMR sizing is that the distance between the axes 1 and 2 is
greater than the dimensions of the pump P2, in horizontal plane and the space required
for the intervention at the pump and for fixing the hydraulic network connections.

a12 ≥ GP2 + GP2

2
+ S (1)

where:
GP2 - dimensions of the pump P2, in horizontal plane;
S - the space needed to fix the hydraulic network connections.
The speeds of the shafts are realized by the transmission ratio of this gears. From the

speed of n1 = 1600 min-1 of axis 1 to n2 = 800 min-1, the transmission ratio is u = 2.
The number of teeth of the gear wheels is:
On axis 1 the recommendation for the number of gear teeth is at least z1 = 25;
The number of gear teeth on axis 2 is given by the transmission ratio u12 = 2 resulting

in 50 teeth we choose z2 = 51 teeth (z1 and z2 it should not have common divisors).
The distance between axes 1 and 2 is given by the relation:

a12 = mn(z1 + z2)

2
(2)

replacing in relation (2) the value obtained from relation (1) results in a value for the
normal gear module:

mn = 2a12
(z1 + z2)

(3)
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For dimensioning the EMR from the stress point of view, to which the respective
gear is subjected, we determine:

The power required to drive the pumps on the respective axis at the maximum flow
and pressure values, as follows:

Nax2 = Q1
P1

612
+ Q2

P2

612
(4)

The torque:

Mtaxis2 = Nax2

n2
[daNm] (5)

Fig. 5. Mechanical drive scheme

For the minimum distance between the axes can be written, depending on the torque
[6]:

amin = (u + 1)
3

√
√
√
√Mtax2KH

(

ZHZEZεZβ

)2

2u2ψaσ
2
HP

(6)

where:

Mtax2 - the torque on gear from axis 2;
KH - load correction factor;
ZH – contact area factor;
ZE – material factor;



168 D. Petrin et al.

Zε- teeth coverage factor;
Zβ - tilt of the teeth factor;
σHP- admissible stress limit at contact;
�a – gears width coefficient;
u – transmission ratio;

Comparing the values obtainedwith the relations (1) and (6) there can be twovariants:
a12 < amin then the value for the distance between the axes is chosen: amin;
a12 ≥ amin then the value for the distance between axes is adopted: a12.
The mechanical diagram of the pumps driving system is shown in Fig. 5.

4 Conclusion

• Digital hydraulics is still in the search for work directions and as a result there are
only sporadic series manufacturing.

• The basic solutions of digital hydraulic pumps are those with independent axial
pistons.

• The article proposes a simplified technological way of digital pumping system that
can be accepted as a digital hydraulic equipment.

• On the same technology, several types of pumping systems can be composed,
depending on the number of pumps, their size and the driving speeds.

• The technology can also be applied to turbopumps, where flow variations are also
required.
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Abstract. The paper deals with the control of the test rig for measurement of
the stiffness of the spring. The test rig is equipped with the integrated hydraulic
actuator which allows to control the piston velocity and position and to produce
the force needed for the spring compression and stiffness measurement. The inte-
grated hydraulic actuator was developed at the department, it and has an integrated
manifoldwith four proportional flow control valves connected as the full hydraulic
resistance bridge. Each control valve is controlled separately using the input sig-
nal. That makes it possible to realize different connections and control strategies
of the hydraulic cylinder using the different control algorithms. The hydraulic
circuit was modelled and simulated, and the achieved simulation results are pre-
sented in the paper. The test rig is controlled using the microprocessor control
system and is equipped by different transducers – position transducer, pressure
transducers, force transducer to be able to collect data important for the stiff-
ness characteristic evaluation. The experimentally obtained results and evaluated
stiffness characteristic of the tested spring are presented in the following chapters.

Keywords: Integrated hydraulic actuator · Simulation model · Spring stiffness ·
Control · Measurement

1 Introduction

The most important properties of the hydraulic drives determining their use in the pro-
duction machines, manipulators, robots and testing equipment are high power to weight
ratio, good controllability of pressure and flow, high dynamics, fast time response, sim-
ple transformation of the hydraulic power in the mechanical power of the longitudinal
motion. The control of the power transmission in the hydraulic driven machines is real-
ized using the controllable pumps and flow control valves. In recent years, the efficiency
of the power transmission in fluid power systems has become the goal of the develop-
ment of the new components and systems. The power to weight ratio of the axial piston
pumps increased approx. three times, and of the pilot-operated valves approx. fifteen
times [12]. Decreasing the weight of the hydraulic components is one way how to be
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competitive with electrical drives. Another way is the application of the control systems
and the design of the hydraulic systems with controllable components. The use of the
modern pumps with variable geometric volume allows to realize the displacement con-
trol, or the fix-displacement pump can be controlled by the speed controlled AC-motor
and the similar control strategies leading to the higher efficiency can be applied [1, 3].
High dynamic hydraulic drives and control of different quantities – velocity, pressure,
force – are very often done using the resistance control and flow control valves. The
high dynamics, accuracy and easy integration into the control system is the advantage of
the valve technology [2, 8]. The resistance control is typically realized using the spool,
which is placed in the control valve and creates four synchronously operated hydraulic
resistances. The disadvantage of the valve-controlled drives is the losses due to the pres-
sure drop across the valve – the control resistances and also the asymmetric behaviour
of the drive by the use of the differential cylinder [6].

In order to eliminate the disadvantages of the valve-controlled cylinder, the full
hydraulic resistance bridge was realized by means of the four proportional flow control
poppet valves [5]. The manifold with these four poppet valves was designed as compact
as possible to the hydraulic cylinder, and in this way, the integrated hydraulic actuator
was developed [7]. The use of the full hydraulic bridge realized using the independently
controlled four flow control valves, and the application of the integrated hydraulic actu-
ator in the test rig for spring stiffness measurement is described in more details in the
next chapters.

2 Test Rig Description

2.1 Structure of the Test Rig

The developed test rig with hydraulic integrated actuator for spring stiffness characteris-
tic measurement is shown in Fig. 1. The test rig has a frame welded from the I-sections,
which is holding the hydraulic actuator in a vertical position [10]. The piston of the
actuator is going down by the extending motion and after achieving the upper end of the
spring starts to compress the tested spring.

The compression of the spring is done very slowly to obtain correct data for the
followed evaluation of the spring characteristic and stiffness calculation. The cylinder is
equipped with the integrated linear position sensor and with the pressure sensors for the
measurement of the pressures in the cylinder chambers. The force transducer is installed
on the piston rod.

The structure of the hydraulic circuit and the connection of the actuator to the control
system is shown in Fig. 2. The movement of the piston rod is controlled using the full
hydraulic resistance bridge realized using four proportional solenoid – operated valves.
These valves are installed in the manifold which is placed on the hydraulic cylinder very
close to the chambers of the hydraulic actuator to make the hydraulic capacities as small
as possible. The control valves and installed sensors are connected to the control system
ECU-0710, Fig. 2. The ECU-0710 is a general-purpose programmable controller and
can be used as a stand-alone controller, or for integrating into a CAN network with other
devices [9]. The ECU-0710 controller is connected to the PC, which allows to program
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Fig. 1. Test rig with the integrated hydraulic actuator for spring stiffness measurement.

the ECU, collect and evaluate the obtained data and finally to operate with the system
in automatic testing mode.

Fig. 2. Connection of the hydraulic actuator and sensors to the control system ECU-0710.

2.2 Testing Cycle

The ECU reads the piston position from the position sensor [9]. The spring compression
required is entered by the user as an input. Using this compression required value, the
controller calculates the desired piston position. Depending on the actual piston position,
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the ECU gives the control signal to the integrated valves accordingly. If the piston needs
to move from the upper position to the lower position, Fig. 2, then the ECU gives the
command signal to input valve VPA and output valve VBT. If the piston needs to move
upwards, then the command is given to input valve VPB and output valve VAT. This is
how the piston moves to the desired position. Along with position control, we control
the velocity of the piston at any given time of spring compression. This is done to reduce
the risk of the spring flying away and to get better dynamic results from the sensor.

3 Hydraulic Drive

3.1 Hydraulic Actuator with Integrated Control Valves

The actuator creates a differential hydraulic cylinder with one side piston rod controlled
using the four proportional flowcontrol valves connected in the full hydraulic bridge-type
A+A, Fig. 3 [1–5].

pA, QA A B  pB, QB

R2 R4R3R1

pT p0

u1 u2 u3 u4

Fig. 3. Hydraulic integrated actuator created from the hydraulic cylinder controlled using the full
hydraulic bridge built from the four flow control valves.

These four proportional flow control valves are controlled using the four voltage
inputs, i.e. using the four independent control signals u1, u2, u3, u4. This allows to use
different control algorithms and optimize the behaviour of the actuator.

The disadvantage of the differential cylinder is asymmetric behaviour. The reason
for that is the geometrical asymmetry due to the different areas SA in the piston and
ringside SB characterized by the ratio

α = SA
SB

(1)

The asymmetric constructionof the cylinder leads to thedifferent hydraulic capacities
of the cylinder chambers and asymmetric velocity-load force characteristic,which causes
the different piston velocity by extending and retracting of the piston of the cylinder
controlled in the open loop. It means that the velocity gain of the open-loop system
depends on the direction of the motion – piston velocity [1, 3, 6]. Next property which
should be taken into account by the design of the drive based on the differential cylinder
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is the course of the pressures in the cylinder chambers A and B and the limits for the
pulling and pushing external force acting on the piston rod during the motion. The
maximal allowed values of the load forces depend on the motion direction. The analysis
of the static and dynamic properties of the differential actuator and their compensation
by the control using the full hydraulic Wheatstone bridge was done and can be found in
[1, 3, 6–8]. The fact that each orifice in the hydraulic resistance bridge can be controlled
separately allows to achieve the compensation of the pressure asymmetry in the cylinder
chambers instead of using the valves with the special spool with different flow areas
SVA, SVB characterized by the ratio

β = SVA
SVB

(2)

The control of the separate proportional valves using the suitable generated input
signals allows to set the valve opening, i.e. cross-section areas of the corresponding
valves to the given ratio β or to the similar value or keep some valve fully opened and
control the flow and movement only using one resistance. The full hydraulic resistance
bridge offers a significant potential for different control algorithms, and improvement
of the properties of the resistance controlled differential cylinder.

4 Simulation of the Testing Cycle

4.1 Simulation Model of the Test Rig

The simulationmodel of thewhole test rigwas built in the simulation programMATLAB-
Simulink. The simulation model is based on the mathematical models of the hydraulic
cylinder, proportional flow control poppet valves, connections, models of the transducers
and finally on the model of the tested spring. After adding the controller, it allows
simulating the whole testing cycle [6–8]. The hydraulic cylinder is placed in a vertical
position, and the force of gravity should be taken into account. When the spring force
acts on the piston the motion equation for the piston position x has the form

mẍ + bẋ = SApA − SBpB − Fs − FT sgn(ẋ) + Fg (3)

Where Fs = k�x is the force of spring depending on the spring stiffness k and spring
compression�x, Fg is the gravitational force, FT is the Coulomb friction, m is the mass,
B viscous friction coefficient, SA and SB are the surface area of the piston side and rode
side.

Pressures pA, pB in the cylinder chambers are given by the differential equations for
the hydraulic capacities CA and CB

ṗA = 1

CA
(QA − SAv − QLA − QL) (4)

ṗB = 1

CB
(SBv − QB − QLB + QL) (5)

CA = VA0 + Sx

K
, CB = VB0 + S(H − x)

K
(6)
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The poppet valve is modelled as a variable orifice created by a cylindrical sharp-
edged stem and conical seat [11]. The flow through the poppet valve is proportional to
the valve opening and nonlinear depending on the pressure drop pi across the valve

Qi = CD ∗ A(hi) ∗
√
2

ρ
∗

(
�pi

(�p2i − p2cr)
1/4

)
(7)

Where i= PA, PB, AT, BT, A(hi) is the passage area depending on hi. The minimum
pressure for turbulent flow pcr is given by

pcr = (pavg + patm)(1 − Blam) (8)

where pavg is average pressure from pressures on the inlet and outlet of the valve, patm
is atmospheric pressure, and Blam is constant [11]. The poppet dynamics was modelled
using the second-order differential equation for the valve opening hi in dependence on
the input voltage ui.

The parametrization of each component of the simulation model was done using the
available data from the datasheet of the producer.

4.2 Simulation of the Testing Cycle

Using the built and verified simulation model, the whole testing cycle was simulated.
The courses of the important state variables of the hydraulic actuator – piston position x,
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Fig. 4. Simulated state variables during the testing cycle, β = 1.
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piston velocity v, pressures pA, pB in the cylinder chambers and the spring force during
the testing cycle by control using the same four control signals, i.e. the coefficients β are
equal to one for each valve, are shown in Fig. 4.

The courses of the pressures pA and pB are typical for the differential cylinder and
extension motion of the piston. Especially at the beginning, when the force of gravity
is pulling the piston rod and later when the additional force of the compressed spring
acting in the opposite direction is small, the pressures are very low and close to zero.
Figure 5 shows the simulation results for β equal to α = 0.48.
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Fig. 5. Simulated state variables during the testing cycle, β = 0.48.

The impact of the different control signals to the valves VPB and VBT is observable
from the pressures pA, pB, whose values are significantly higher and are getting closer
to the value of the system pressure.

Figure 6 shows the simulation results for β equal to 0.7. The opening of the valves
VPB and VBT is about 70% of the other valves, and the chamber pressures are higher
than in the first case for β equal to one, but the pressures did not achieve the values as in
the case for β equal to α = 0.48.

Separate control of each proportional flow control valve makes it possible to use
different valve opening for each valve, i.e. to set different values of the ratio β in specific
phases of the working cycle of the machine and in this way to optimize the behaviour
and also the energy efficiency of the installed hydraulic system.
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Fig. 6. Simulated state variables during the testing cycle, β = 0.7.

5 Measurement Results

The obtained results for three tested car springs are summarized in Table 1. The stiffness
constant was evaluated from the measured data using the linear regression as a slope of
the obtained spring characteristic.

Table 1. List of calculated spring constant stiffness

Stiffness constant of spring No. 1 (N/m) 29410

Stiffness constant of spring No. 2 (N/m) 14350

Stiffness constant of spring No. 3 (N/m) 18890

The achieved results by the testing of the car spring No 2 are shown in Fig. 7 and
Fig. 8. It is observable that the part of the test during the spring compression between
the spring-piston position is equal to approximately 0.42 m and 0.5 m on the measured
course Fig. 7 (values are in a different coordinate system than the piston position x, see
Fig. 2). This part corresponds to the simulated process and piston displacement x in
Figs. 4, 5 and 6. The graph in Fig. 8 is showing the values of the piston displacement
(spring compression) and spring force and the evaluated spring characteristic.
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6 Conclusions

The test rig and the automatic testing cycle for the evaluation of the spring character-
istic and the spring stiffness constant was introduced in the paper. The tested spring is
compressed using the hydraulic actuator with integrated full hydraulic resistance bridge
realized using the proportional flow control valves. The fact that the control of the move-
ment of the piston is done using the four independent control signals instead of one input
signal in case of the use of the traditional 4/3 proportional flow control valve allows to
optimize the allowed pulling force and the course of the pressures in the cylinder cham-
bers. This is the advantage of the use of the full hydraulic bridge of A-A type. The control
of the drive was realized using the ECU-071 controller, which was connected to the PC
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where the final evaluation of the spring characteristic and the calculation of the stiffness
constant were done. The presented results of the testing of the three different car springs
confirm the functionality of the designed and realized test rig.
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Abstract. The paper presents research of the hydraulic cylinder drive system
equipped with gear pump driven by asynchronous motor fed by the frequency
inverter using a developed method of pump leakage compensation (LPC) to con-
trol the flow. The pump parameters at various pressures and various angular speeds
of the asynchronous motor, including in the speed range below the minimum
recommended by the pump manufacturer, have been tested. The obtained pump
characteristics showed the presence of two components of internal pump leakage
- independent and dependent of pressure. The linear internal leakage model was
developed for the pump. This model has been implemented to the verified model
of the drive system of the variable ratio mechanism driven by a hydraulic cylinder
- scissor lift. The pump flow correction algorithm has been added to the previously
developed hydraulic cylinder speed control system. This correction was aimed at
improving the mapping of the assumed speed of the hydraulic cylinder. The com-
pensation block has been added to the hydrostatic drive of the scissor lift equipped
with an open control system - developed in the LabView environment. Experimen-
tal tests confirmed the improvement in mapping of the hydraulic cylinder assumed
speed regardless of its variable load resulting from the scissor system geometry
and the weight of the load on the scissor lift platform. The developed leakage
compensation system on the pump can be used in hydrostatic systems with fixed
or variable ratio, regardless of the load on the hydraulic cylinder.

Keywords: Pump leakage compensation · Volumetric efficiency · Flow rate ·
Velocity control

1 Introduction

Hydraulic actuators are used in mobile machines and stationary drives, due to their good
capabilities in positioning, fast and smooth response, high power density and compact
size. Using hydraulic actuators for constant speed operation is highly required in many
applications, such as lifting, pressing, cutting, automatic production and assembly, etc.
However, maintaining a constant hydraulic cylinder speed can be problematic due to
many factors. These include, among others, variable load on the hydraulic cylinder,
pressure drop, changes in hydraulic oil viscosity due to temperature and leakage in

© The Editor(s) (if applicable) and The Author(s), under exclusive license
to Springer Nature Switzerland AG 2021
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hydraulic components. To minimize the impact of these factors on the speed of the
hydraulic actuator, two controlmethods are used - flow control or pump control. The flow
control method most often uses electronically controlled valves. These are proportional
directional valves or servo valves. Flow regulators are also used to eliminate the impact
of pressure changes on the speed of the hydraulic cylinder. The pump control method
uses variable displacement pumps or fixed displacement pumps with a variable speed
motor (VSPC – variable speed pump control).

An example of flow control is application of a variable displacement pump driven
by a motor with inverter is used in hydraulic excavator to meet the requirements of
high dynamic, high energy efficiency and zero emission of hydraulic excavator under
different working conditions, following [1, 2].

Electrohydraulic Fuzzy-PID position control system by compensating for leakage
through proportional flow control valve was presented in [3]. The main goal for this is
reducing the energy consumption and improving the position control of the cylinder.
However, it is not the simplest and low-cost solution.

A cheaper option is the VSPC and appropriate change of leakage through the propor-
tional throttle valve, described in [4]. The method combines pump control and throttle
valve control using valve-pump weight ratio. Authors mentioned that, in order to make
the system have higher response while keeping high efficiency, the valve-pump weight
ratio should be reasonably set.

The combination of these two solutions is the use of a variable displacement pump
driven by motor with inverter and a proportional valve. The authors [5, 6] show the
behavior of the pump and the system for changes in the flow rate in the system. The
leakage compensation has been shown to be achieved by either controlling the propor-
tional electro-hydraulic valve or controlling the pump speed in system with constant
load.

The applicability of a low-cost drive using a speed-controlled motor in combination
with a fixed displacement pump applied in a load-sensing control strategy is described
in [7]. The main achievements were low energy losses, low noise emission, improved
control dynamics, reduced steady-state error.

In mobile machinery, when we are dealing with combustion engine authors proposed
a new lift control strategy based on the hydraulic supply pressure and flow control [8].
The hydraulic pump speed is precisely controlled using a two-input gearboxmechanism.
This eliminates the need for precision control of the solenoid valves opening interval
within every cycle.

Analyzing the literature presented above, it was found that the cheapest and most
effective method of maintaining a constant speed of a hydraulic cylinder is to use the
VSPC. The fixed displacement gear pumps are very often used in hydrostatic drive sys-
tems. They are installed in systemswith throttled control of themovement of actuators. A
few research projects have been conducted to define volumetric efficiency of gear pump
models [9–11]. However, the studies were limited only to the rotational speeds of pumps
recommended by manufacturers, mainly in the range from 500–700 to 3000 rpm. Even
in newly designed test stands the adjustment of pump speed is not considered which
can be confirmed by [12], where the authors designing the test rig for the volumetric
efficiency of the gear pump, did not foresee the possibility of alternation of pump speed.
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During modelling of hydrostatic drives, according to [13, 14], the flow is calculated
using the theoretical flow decreased by leakage which is defined as proportional to the
pressure drop only.

Nowadays almost every inverter has a vector control mode (FOC) which provides
constant motor speed regardless of its load. However, this function is not often used in
industrial solutions and electric motors are running in V/f mode, which is sensitive to
low speed and may not maintain a desired torque. The result is a decrease in motor speed
due to increased load. This will not provide the desired flow from the pump and will
affect the speed of the hydraulic cylinder.

The research on motor-inverter systems has been conducted for many years in the
team of Working Machines, Drives and Controls at the Technical University of Lodz.
Some of them concern hydrostatic systems, such as hydrostatic transmissions, hydraulic-
rope lifts, scissor lifts and variable load mechanisms. Research includes the impact of
inverters on reducing vibration and overloads, pressure drops and maintaining constant
speed of receivers, regardless of their load [15, 16].

The use of inverters in hydraulics is increasingly common. The objective of [17]
is to study possibilities of reducing the flow ripple by adjusting the speed of the pump
by utilizing the fast torque control of the electric motor. The results show that a proper
control method of the electric drive reduces the flow ripple in a hydraulic system and
open-loop control of the hydraulic system is possible.

This paper presents experimental tests of the constant speed of a hydraulic actuator
with the use of a system consisting of the VSPC using a pump leakage compensation
system (LPC). Leakage from the pump have been eliminated by shaping the speed of
the electric motor using an inverter and external controller. The scissor lift mechanism
was used for testing, in which hydraulic cylinders are subjected to changing force during
lifting. The main objective is to compensate the leakage of the pump that leads to sudden
change in the hydraulic actuator speed and to maintain constant operation parameters,
regardless the pressure. The concept of the system is shown in Fig. 1.



182 Ł. Stawiński, A. Kosucki, and A. Morawiec

Fig. 1. Concept of the system with LPC leakage pump compensation system.

2 Leakage Compensation System Description

To develop LPC for the system, a series of pump (XV-0R/0.98, were displacement qp is
equal to 0.92 cm3/rev) tests, have been conducted. The hydraulic scheme of the pump
test stand has been presented in Fig. 2. The measurements were registered for rotational
speed of the pump np between 100 and 1500 rpm, what corresponds to the theoretical
flow from 0.092 to 1.38 l/min, following the formula:

Qt

[
l

min

]
= qp · np

1000
(1)

The load of the pumpwas set from 0 to 16MPa. The experiment was performed using
HL-46 hydraulic oil, operating in temperature 35–40 °C. The temperature effect was
omitted because of its low influence (experimentally confirmed) on pump efficiency in
range 35 to 60 °C. The theoretical pumpflowQt was comparedwith actualmeasurements
Q and a flow loss�Q=Qt−Qdiagram for the pumpwas obtained (Fig. 3). Dashed lines
indicate speeds below the pump manufacturer’s recommended speed (below 700 rpm).
These tests have shown that the pump has significant internal leakage and is dependent
on two factors. One of them is the load due to the pressure at the outlet of the pump, and
the other is a constant value, depending on the design of the pump.

It was assumed that the knowledge of the nature and the level of leakage in the pump
allows to correct the control input signal in order to improve mapping of the actual
flow. The equation of flow losses as a function of pump pressure was determined for
synchronous speed. Factors A and B for the 1500 rpm are shown in Fig. 4, following by
the formula in SI system:

�Q

[
m3

s

]
= f

(
pp

) = A

[
m5

N · s

]
· pp[Pa]+ B

[
m3

s

]
(2)
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The correction consisted in adding to the inverter control signal the certain value
of voltage, calculated according to the formula (3), where �U is a value of the control
signal correction,Umax [V] is amaximumvalue of the control signal corresponding to the
maximum pump speed, Qmax [l/min] is theoretical maximum pump flow corresponding
to its maximum speed and �Q [l/min] is a constant component of leakage.

�U [V ] = Umax

Qmax
· �Q (3)

The diagram of the LPC is shown in Fig. 5. The block 1 represents a computer
equipped with control-measurement card. The block was used to determine the inverter
input signal U(t) [V] and to generate the corrected input signal U(t) + �U. The block
2 shows the vector-controlled inverter with feedback from the motor driving the pump
(Uω). The block 3 represents the unit consisted with the electric motor and the gear
pump – the flow Q generator. The software used to control the system was developed in
the LabView environment. The same software allowed the acquisition of data necessary
to present the following charts.

Fig. 2. The pump test stand.
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Fig. 3. Theoretical flowQt, actual Q and leakage�Q of gear pump PGP505 for various rotational
speeds and pressures.

Fig. 4. Flow losses as a function of pump pressure for the motor speed of 1500 rpm.

Fig. 5. Diagram of the LPC.

3 Experimental Test Rig

Experimental tests were carried out on a specially modernized scissor lift, which in
addition to the conventional one, was equipped with elements of the proposed LPC
(Fig. 6). A set of sensors gives the possibility of registering the operating parameters of
the systems in different conditions. The signal from the pressure sensor is directed to
the LPC. The technical parameters of the main elements of the test stand in Table 1.
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Table 1. Test stand setup.

No Component Parameters

1 PC + LabVIEW Software + NI USB 6343 16 AI, 2 AO, 24 DIO USB

2 Frequency Inverter SX2400-0R7G-2 0.75 kW/0–10 V

3 Motor Simotics GP 1AV1082B 0.55 kW/1385 rpm

4 Pump XV-0R/0.98 0.92 cm3/rev

6 Hydraulic cylinders 40-25-300 40-25-300 mm

A Pressure sensors P3297B084001 25 MPa/4–20 mA

B Flowmeter GFM-5 0.05–2 l/min/5.250 pulses/l

C Length sensor EMAX-000-01.5-2-CAO 1.5 m/125 kBit/s

Fig. 6. Experimental test rig: a) test stand, b) schematic diagram of the hydraulic and sensor
circuits.

4 Experimental Results

The objective of the experiments is to validate the LPC for different test cases covering
the operating range of the drive. To reduce oil pulsation, the start ramp on the inverter
has been set to 5 s. The voltage reference functions are carried out in four cases:

Uf = 10 V which is equal to 1500 rpm (157 rad/s) of electric motor rotational speed
without leakage compensation – index NO.
Uf = 10 V + �UA which is responsible for the pressure dependent correction factor in
the leakage compensation system – index A.
Uf = 10 V + �UB which is responsible for the pressure independent correction factor
in the leakage compensation system – index B.
Uf = 10 V + �UAB which corresponds with the total leakage compensation system
– index AB.
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All test compared the behavior of flow rate in the system Q, the hydraulic actuator
speed vc and calculations of changes in volumetric efficiency ηv during correction.

The research was divided into two stages. The first assumed comparing the behavior
of the pump flow rate, and the second was the behavior of the hydraulic cylinder.

4.1 Pump Flow Rate Tests

The tested pump is XV-0R/0.98 with a displacement qp = 0.92 cm3/rev. The pump
manufacturer states that theflowrate of this pumpQp at speednp=1500 rpmandpressure
in the pump pp = 0,05 MPa is equal to 1.311 l/min. Theoretically, if the volumetric
efficiency of the pump would be 100%, the flow rate Qt should be equal to 1.38 l/min,
follow the formula (1).The volumetric efficiency of the pump ηv in this case is equal to
95% according the formula below:

ηv[%] = Qp

Qt
· 100% (4)

If the pump is powered by an electric motor supplied directly from the mains, it
should be remembered that it will work according to its mechanical characteristics. This
means that the greater the load on the motor shaft, the lower its speed. The torque on the
motor/pump shaft Tp comes from the differential pressure at the pump inlets �pp = pp
− p0 (where p0 – is the max. inlet suction pressure 0.1 bar), according to the formula:

Tp[Nm] = qp · �pp
2 · π · ηhm (5)

With the motor manufacturer’s data such as synchronous speed ns = 1500 rpm
(50 Hz), rated speed nm = 1385 rpm and rated torque Tm = 3,79 Nm, it is possible
to calculate the actual speed of the motor and pump shaft np according to the formula
below:

np
[
rpm

] = ns − Tp
Tm

· (ns − nm) (6)

If the pressure on the pump changes, the pump speed will change accordingly, which
will change the pump flow rate Qv. Referring to the theoretical volumetric efficiency of
the pump, a significant decrease in the efficiency of the pump driven by a motor powered
directly from the mains has been noticed, as depicted in Fig. 7.

The FOC alone maintains a constant flow rate, almost regardless of load, but this
level only indicates the value provided by the pump manufacturer, as depicted in Fig. 8.

Comparison of the flow rate from the pump, in different cases, is shown in Fig. 9.
The pump has been tested with speed 1500 rpm on the experimental test rig, described
above, where the pressure changes when the actuator moves. This is due to the variable
load on the actuator. It is caused by the variable ratio of the scissor mechanism speed.
The scissor lift has no load on the platform, however the weight of the structure caused
changes in pressure in the system during lifting. This can be seen in the variable Qv
waveform, where the motor was powered directly from the mains. The flow value in this
case is much lower than that given by the manufacturer. The LPC increases the value
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of the flow rate in relation to the system without compensation. The factor B gives the
least impact. This is due to the small size of the pump. The factor A, depending on the
changing pressure, strongly increases the flow value.

The LPC significantly increases the flow rate from the pump (Fig. 10). Factor A
increases the flow value, reducing the effect of pressure impact on pump efficiency.
The factor B raises the flow by a constant value. By using the LPC, it was possible to
virtually increase the volumetric efficiency of the pump.Comparison of pumpvolumetric
efficiency under the loadwith various variants of pump compensation is shown in Fig. 11.
The volumetric efficiency of the pump decreases as the load increases. When using the
LPC, the higher the load, the closer to the theoretical pump flow rate. This is mainly due
to the influence of the A factor, which depends on the pressure.

Fig. 7. Pump volumetric efficiency with different loads. Motor driven directly from the mains.

Fig. 8. Impact of load on pump flow rate. Motor fed by FOC, without LPC.
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Fig. 9. Comparison of the pump flow in different cases.

Fig. 10. Impact of load on pump flow rate with full LPC.

Fig. 11. Comparison of pump volumetric efficiency for different load with and without LPC.
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4.2 Hydraulic Actuator Velocity Tests

The tests were carried out without and for three types of compensation (A, B and AB)
with the hydraulic actuators loaded with the weight of the structure and the load on the
platform in the discrete interval loadext = [0, 50, 100]% while lifting with the same
stroke xs = 0.24 m. The ramps on the inverter has been set on 5 s.

The velocities of the actuator depending on the flow from the pump with no load on
the platform has been depicted in Fig. 12. The theoretical value of velocity was marked
as vt, where pump would not have losses. The line marked as vp is the value that the
actuator should reach according to the given pump flow for the engine speed of nm =
1500 rpm, according to the pump manufacturer’s data. Both values have been calculated
for 2 cylinders with nominal diameter of the piston each Dc = 40 mm and displacement
of the pump qp = 0,92 cm3/rev following the formula:

vc = Qc

Ac
= qp · nm

1000 · π ·(Dc)
2

4

[m/s] (7)

Other speed values were measured by a displacement sensor located on the actuator.
There are no major differences in velocity levels between the system with and without
compensation. The only difference appears in the actuator velocity when the pump is
driven by a motor connected directly from the mains (without FOC).

The actuator velocity in the system with LPC, with different loads, has been pre-
sented in Fig. 13. The actuator velocity curve without LPC at full load has been added
to highlight the difference (NO 100). The use of LPC increases the actuator velocity.
Despite the variable load, the velocity of the actuator in the system with LPC is higher
than calculated based on the pump manufacturer data (vp). Furthermore, the actuator
velocities exceed the theoretical velocity vt. The reason for this may be the inaccurate
actuator design. A small change in the diameter of the actuator significantly changes its
speed.

Fig. 12. Comparison of actuator velocities in different cases with no load on the platform.
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Fig. 13. Comparison of actuator velocities with LPC and different load.

5 Conclusion

In this paper, the compensation method of pump leakage and its impact on the operation
of the hydrostatic system with an actuator loaded with variable force is presented. The
characteristics of gear pump covering full range of speed and allowable pressure have
been obtained. It allowed to determine two factors (pressure dependent and independent)
responsible for the pump’s leakage.

These factors were used to develop the LPC system, correcting oil flow using a
simple control function of speed of the pump driven by the electric motor fed by an
inverter.

Experimental studies of the behavior of a gear pump driven by a motor connected
directly from the mains and fed by an inverter with a vector system (FOC) were carried
out. The use of the FOC allows tomaintain a constant pump speed regardless of pressure.
In addition, the use of LPC increases the flow rate to the theoretical value of the pump,
maintaining a constant actuator velocity.
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Abstract. Position control is particularly important in systems with pneumatic
drives. Many centres around the world are looking for an optimal and effective
method especially for rod and rodless pneumatic cylinders. Position control of
pneumatic drives is a difficult process due to the compressibility of the working
medium, friction occurring in the drive system, stick-slip phenomenon, clearances
in the cylinder, sticking of the piston to the cylinder in final positions. The problem
is to set andmaintain a constant speed ofmotion, especially in the low speed range,
and to precisely stop the piston of the cylinder in intermediate positions between
the end positions of the cylinder.

The article presents the theoretical foundations of fuzzy logic controllers and
the principles of their design for pneumatic drive systems. A fuzzy control system
for an electro-pneumatic servo-drive made of a rodless cylinder controlled by
a proportional flow valve has been analysed. An experimental stand for testing
designed fuzzy logic controllers and assessing the quality of control has been
presented. Experimental tests have been conducted for the implementation of
changeover control, tracking control and following up the curvilinear trajectory.

Keywords: Fuzzy logic controller · Electro-Pneumatic Servo-Drive

1 Introduction

Problems related to the optimal control of pneumatic devices contributed to the search
for new AI-based control techniques methods – fuzzy logic [1]. Use of FLC fuzzy
logic controllers enables the transition from a quantitative description to a qualitative
description of the process [2]. In traditional control systems, control algorithms are
developed intuitively by operators based on their own experience. Applying fuzzy logic
methods, knowledge gained during process operation and handling, or the knowledge
of operators, i.e. intuitive algorithms for controlling control objects, can be saved with
verbal logic converted intomathematical operation and used in the control process. Fuzzy
logic systems can also be used in processes where there are non-linearities, uncertainties
about their parameters or other adverse features of a control object. Fuzzy logic systems
are intelligent control methods [3–5] in which the knowledge encoded in the rule base
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results from experience and intuition aswell as theoretical and practical understanding of
process dynamics [5, 6]. The use of fuzzy logic in controllers results from the fact that the
knowledge of the process dynamics is not required for the correct tuning of the controller.
Fuzzy control is also popular because the actual control objects are non-linear and
therefore require special control techniques, which are usually very difficult, laborious
and sometimes impossible to design. For such objects, designing fuzzy controllers can
be much easier, and they can replace standard or status controllers [7].

2 Fuzzy Logic Controllers

The fuzzy control algorithm is a knowledge-based algorithm, described by fuzzy logic
methods [8]. Fuzzy control systems are somekind of expert systems based on knowledge.
The knowledge base contains a control algorithm stored as a rule base. The control
strategy and knowledge contained in the rule base are derived from human experience
and intuition and from a theoretical and practical understanding of the dynamics of a
controlled object. The main difference between conceptually fuzzy and conventional
control is the lack of analytical description [8].

The Control Law (1) of the fuzzy controller is described by a knowledge-based
system containing IF-THEN rules with unspecified predicates and a control mechanism
with fuzzy logic [8]:

u(k) = F[e(k), e(k − 1), . . . , e(k − v), u(k − 1), u(k − 2), . . . , u(k − v)] (1)

where F is a non-linear function representing the FLC fuzzy controller described by
the rule base. The FLC describes the relationship between the u(k) control signal on the
one hand and the e(k) error and its change �e(k) on the other. Therefore, the overall
relationship of the FLC control (2) for v = 1 can be presented as follows:

u(k) = F[e(k),�e(k)] (2)

In the case of a fuzzy logic controller, its type – P, PI, PD, PID – determines the
selection of process status variables, control variables and the content of the predecessor
and successor of each rule. For process status variables (input variables) that represent
the rule predecessor content, i.e. the IF rule part, the following is obtained:

• control error e,
• control error change �e,
• control error sum δe,
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For process control variables (output variables) that represent the rule predecessor
content, i.e. the THEN rule part, the following is obtained:

• for-loop u,
• for-loop change �u.

By analogy to the standard controller, it can be presented as follows:

e(k) = y0(k) − y(k)

�e(k) = e(k) − e(k − 1)

�(�e(k)) = e(k) − 2e(k − 1) + e(k − 2)

δe(k) =
k∑

i=1

e(i)

�u(k) = u(k) − u(k − 1) (3)

where:
y0(k) – set-point (input function),
y(k) – command (response).

PID fuzzy logic controllers PID implemented in two versions: direct and incremental
(see Fig. 1).

Fig. 1. Direct and incremental version of the PID fuzzy logic controller.

In the direct version, the control signal u(k) is calculated at any time, while the
control signal change value �u(k) is calculated in the incremental version. To calculate
the control variable value u(k), an additional controller block, the so-called adder, is
required. The incremental version of the controller is more sensitive to measurement
noise, therefore the experimental tests presented below will be performed only on the
basis of the direct version.
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Fig. 2. Fuzzy structure.

The structure of the fuzzy part for the direct version is shown in Fig. 2. Five main
stages of fuzzy inference were taken into account (fuzzification, determination of rule
firing levels, launching of rules, aggregation of individual rule outputs, defuzzification).

Due to the complexity of the fuzzy inference process, the structure of the fuzzy part
presented in Fig. 2 contains only some of the results of the full process. Fuzzification
was carried out in three eP, eI , eD tracks using seven fuzzy sets of NB, NM, NS, Z, PS,
PM, PB. The firing level, depending on the design of the premise in the rule base, can be
determined using T-norm or T-conormy operators. The complete rule base contains 147
rules including all combinations of NB, NM, NS, Z, PS, PM, PB inputs. The launching
of rules was performed using the Mamdani implication and the aggregation of the fuzzy
sets μRi(u) of launched rules using the MAX T-conormy operator. Defuzzification was
performed using the COG (Center of Gravity) method.

2.1 Design Rules for Fuzzy Logic Controllers

Due to the complexity of fuzzy logic instrument, designing FLC fuzzy controllers can
be a complex and time consuming process. The problem is both the determination of
the FLC parameters, i.e. the linguistic labels and fuzzy sets, and the structure of the
FLC – rule base with a fuzzy inference mechanism. To perform the fuzzy operation, the
membership function must be precisely defined in terms of quantity, i.e. parameters and
function coefficients, as well as quality, i.e. function types.

The following rules are recommended for determining parameters and tuning fuzzy
logic controllers [9]:

• The most commonly used membership functions are triangular functions,
• number of intersection points of two membership functions – the intersection
coefficient usually takes the value of 1 (one intersection point),

• the membership function value at the intersection point of the membership function
– the intersection level usually assumes the value 0.5,

• symmetrical membership functions are most often applied,
• A large range of cut-off values in the membership function diagram means low gain,
and narrow membership functions mean high sensitivity of the controller,
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• The fuzzy logic controller can be tuned by changing the shape of the membership
function.

Building a rule base is the most difficult stage of designing fuzzy logic controllers.
It is also a cause for criticism of fuzzy logic control because, in principle, there are no
systematic tools to create a FLC rule base [8].

The fuzzy control algorithm reflects the control mechanism implemented by people,
without the use of any formalised knowledge of the controlled object in the form of
mathematical models and without the analytical description of the control algorithm
[8]. One way to derive a linguistic control strategy is human experience and reasoning,
another way is to observe the phase surfaces of conventional PI, PD, PID controllers,
from which fuzzy logic control rules can be derived.

Another,more formal approach to FLC rule base construction is to use a template rule
base. The template rule base can be considered a basic tool that combines engineering
common sense and fuzzy logic control experience [8]. This standard rule base is the one
proposed by Mac Vicar-Whelan (Table 1).

Table 1. Mac Vicar-Whelan rule base.

�e\e NB NM NS Z PS PM PB

NB NB NB NB NB NM NS Z

NM NB NB NM NM NS Z PS

NS NB NM NS NS Z PS PM

Z NB NM NS Z PS PM PB

PS NM NS Z PS PS PM PB

PM NS Z PS PM PM PB PB

PB Z PS PM PB PB PB PB

Knowledge of the technical and operational parameters of pneumatic control ele-
ments is extremely important when designing control systems. Manufacturers usually
give only basic parameters of their products and also present selected theoretical charac-
teristics. Such ideal characteristics can introduce errors into the control system. Position
control of pneumatic drives uses proportional valves for pressure and flow. Pneumatic
proportional valves (servo-valves) are elements with a high gain of the input signal. They
are used to amplify and transform continuously a weak input signal into a strong output
signal in the form of flow rate (flow valves) or pressure (pressure valves). The highest
gain can be achieved by using electrical signals as input signals, thus proportional valves
with electrical control are most often applied. The valve consists of two basic units:

• An electromechanical transducer that converts an electrical voltage or current signal
into either linear (angular) motion or force (moment),

• one-, two-, or three-stage amplifier, and
• spool valve.



Design Rules for Fuzzy Logic Controllers for Pneumatic Systems 197

Proportional valves are used primarily in control systems for fast-changing produc-
tion processes. The design of electro-pneumatic servo-valves does not differ significantly
from electrohydraulic servo-valves. Most often, these are slide servo-valves with four
or two distributing edges. Pneumatic servo-valve slide-sleeve assemblies do not contain
elastic seals to reduce frictional resistance and the resulting hysteresis. The lack of seal-
ing is a source of significant compressed air leakage, which is prevented by the use of a
positive cover of the flow channels in the slider-sleeve assembly, which, however, intro-
duces a servo-valve insensitivity zone in the middle position of the slide. Knowledge
of the actual characteristics of the control valve can significantly facilitate the design
process of the fuzzy logic controller for the electro-pneumatic servo-drive, as fuzzy
logic provides the opportunity to eliminate non-linear phenomena occurring during the
control process.

3 Object of Study

The experimental tests focused mainly on the design and implementation of the fuzzy
control algorithm for the electro-pneumatic servo-drive for the task of precise posi-
tioning (changeover control, tracking control and any motion trajectory). In industrial
environments, servo-drives are performing increasingly complex positioning tasks under
changing operating conditions [10]. Due to the increasing demands on pneumatic servo
drives, the control algorithm must be resistant to variable mass load [11], change of the
set piston motion speed of the cylinder, change of the set piston position of the cylinder,
change of the frequency of the set sinusoidal trajectory, change of the supply pressure, to
the type and accuracy of the applied position transducers, to the parameters of the pneu-
matic cylinder used for construction. Figure 3 shows a diagram of an electro-pneumatic
servo drive, in which a rodless cylinder is used as an actuator.

2

5
1

3

4

Fig. 3. Electro-pneumatic servo-drive diagram with rodless cylinder.
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The main components of the servo drive are:

• DGPL-25-224 rodless cylinder from Festo (Fig. 4a),
• MPYE-5-1/8-HF-010-B proportional valve from Festo (Fig. 4b),
• BTL5-A11-M0600-P-S32 magnetostriction transducer of Balluff (Fig. 4c).

Fig. 4. General view: a) rodless cylinder, b) proportional valve c) magnetostriction transducer.

MPYE-5-1/8-HF-010-Bproportional valve is a five-way, three-position, voltage con-
trolled valve (0÷ 10V). It is a valvewith a nominal flow rate of 700 l/min and a switching
time of 80 Hz [12]. Figure 5a shows the actual flow characteristics [13] of the valve and
Fig. 5b shows the actual pressure characteristics of the valve.
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Fig. 5. Pressure and flow characteristics.

A rodless cylinder 224 mm long and a piston diameter of 25 mm was used as
the drive. A non-contact magnetostrictive position transducer with a gauge length of
600 mm and resolution of less than 2 µm with an analogue output (0 ÷ 10 V) works
basing on the magnetostrictive effect principle. Figure 6 shows the measurement noise
of the magnetostrictive position transmitter.
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Fig. 6. Measurement noise of the BTL5-A11-M0600-P-S32 position transducer.

4 Fuzzy PD Controller Design

When designing the PD fuzzy logic controller, experimental tests of the proportional
valve and the position transducer were taken into account. The controller was designed
using the Fuzzy Logic toolbox ofMatlab-Simulink package. The variable domain error e
is defined from−3.7 V to 3.7 V because these values correspond to the operating range
of this variable for the DGPL-25-224 rodless cylinder with BTL5-A11-M0600-P-S32
position measurement. The � and L-type sets are used for extreme values, which avoids
the lack of completeness of the knowledge base for large amplitude values of the error
e input signal. In addition, a trapezoid set was used for the near zero error to determine
the value of the assumed static deviation 2δ and to avoid oscillations around the near
zero deviation and the set was compacted. This reduced the dynamics of the system but
allowed achieving “smoothness” of the output signal (i.e. small jumps when passing
from one rule to another) near the zero error. For the second input signal, i.e. the change
of error �e, the same was done during the fuzzy process, but its domain was set from−
25V/s to 25 V/s, because these values of the amplitude of the input signal�e correspond
to the maximum speed of error change (maximum speed of the cylinder). Taking into
account the above mentioned assumptions, the input signal of the e error was subjected
to the fuzzy process with the distribution of fuzzy sets as in Fig. 7a, while the input
signal �e as in Fig. 7b.

For themagnetostrictive transducer themeasurement noise is±0.007V.The determi-
nation of themeasurement noisewas necessary to determine the assumed static deviation
and thus to calculate the quality indicators for the control of the fuzzy electro-pneumatic
servo drive. The determination of the measurement noise was also used to correctly
design the fuzzy logic controller. Due to the position transducer used and the require-
ments for pneumatic drives under industrial operating conditions, a static deviation 2δ
= ±0.022 V was assumed.

As experimental tests (flow characteristics) have shown, the proportional valve from
Festo does not operate symmetrically and the flow curve is similar to the sigmoid shape.
Therefore, a sigmoid fuzzy sets shifted to the right (due to the asymmetrical operation
of the valve) were used. For extreme fuzzy sets � and L-type sets are used, similarly to
input signals. The rule base comprises of 49 fuzzy rules presented in Table 1.
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5 Experimental Tests

The experimental tests on the electro-pneumatic servo-drive were mainly focused on
checking the operation of the PD fuzzy logic controller under changing operating con-
ditions. The fuzzy logic controller had a feedback loop from the position of the cylinder
piston using a position transducer. Figure 7 shows a general view of the experimental
test stand.

1

3

4

5
6

7

2

Fig. 7. A general view of the test stand: 1 – position transducer, 2 – screen, 3 – rodless cylinder,
4 – FRL unit, 5 – mass load, 6 – power supply, 7 – pressure transducer.

The problem of pneumatic servo drive positioning results from the complex and
complicated process of converting the energy of compressed gas into mechanical energy
of the cylinder piston motion. Solving such a problem in an environment of insufficient
and incomplete information is a difficult task, but especially important when it comes
to the possibility of using the proposed solution in industrial working conditions. The
design of servo drives equipped with extra sensors, e.g. pressure transducers or force
sensors, is uneconomic under industrial conditions. In the time of rapid development
of automation and the growing demands from industrial sectors, the controller faces a
number of tasks, mainly concerning the task of changeover control, tracking control
and reproduction of any motion trajectories. Due to the use of pneumatic servo drives
in the construction of manipulators and industrial robots, one of the most important
requirements is the resistance of the control algorithm to alternatingmass load and supply
pressure fluctuations. Positioning is also required over a wide range of displacements
and pre-set piston speeds of the cylinder.

A number of experimental tests have been conducted on the designed and built stand.
The graphs below show selected dynamic and quality characteristics (IAE - Integral of
Absolute Error, ISC - Integral of Square Control Signal) of electro-pneumatic servo drive
piston positioning (Figs. 8, 9, 10, 11 and 12).
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Fig. 8. Changeover control with variable load mass.

Fig. 9. Tracking control with variable load mass
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Fig. 10. Tracking control with position variable.
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Fig. 11. Implementation of sinusoidal trajectory.
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Fig. 12. Tracking with supply pressure variable.

6 Summary

Fuzzy logic controllers can be successfully applied in processes where there are non-
linearities, uncertainties about their parameters or other unfavorable features of a control
object. Such features are characterized by systems with pneumatic drives and especially
analyzed electro-pneumatic servo drive with a rodless cylinder controlled by a propor-
tional flow valve. The tests have been conducted in a wide range of variable operating
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conditions of the servo drive. The designed PD fuzzy logic controller performed very
well the assumed tasks of the changeover control, tracking control and sinusoidal trajec-
tory. The static deviation of 2δ =±1.32 mm has been assumed for the tests, which was a
result of themeasurement noise occurring in the control system and positioning accuracy
required in industrial conditions. The aim of the tests was to check the resistance of the
fuzzy electro-pneumatic servo control algorithm to variable mass load of the cylinder,
change of the pre-set speed of the cylinder piston motion, change of the pre-set position
of the cylinder piston, change of the supply pressure, change of the pre-set frequency of
the sinusoidal trajectory.

The designed fuzzy logic controller is resistant to variable mass load of the cylinder.
The fuzzy logic controller works correctly up to a mass of 6.72 kg in the case of the
changeover control and 0.5m/s in the case of the tracking control up to amass of 9.17 kg.

For low speeds (0.075 m/s and 0.25 m/s), an oscillating stick-slip (transition phase
from solid to fluid friction) can be observed in the initial start-up phase. Above 0.25 m/s,
no stick-slip occurs. A step change in the friction force value during this phase results in
a significant speed error, which is effectively compensated by the fuzzy logic controller
during the further control process. The drive maintains the set point values for motion
parameters. An additional advantage is that it is not necessary to tune the controller
during changes in operating conditions.

The analysis of the quality characteristics showed that the piston positioning of the
cylinder is accurate enough for industrial conditions.
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Abstract. This paper presents the modelling and simulation of transient flow in
micro-hydraulic pipe systems. Liquid stream energy dissipation occurs mainly as
a result of friction losses. Theoretical considerations of water hammer resulting
from rapid valve closing, supported by experimental verification,were undertaken.
The experimental system incorporated a straight two-meters long section of a steel
pipe with an internal diameter of 4·10−3 m. An attempt was made to determine the
degree of conformity of the transient flow model (previously verified in conven-
tional pipes) to the experimental results obtained for small-internal-diameter pipes.
Shear stress on the pipe wall was modelled using first a simplified quasi-steady
approach and then an effective modified unsteady friction model. The pressure
waveforms at the valve (at the downstream end of the pipe) were obtained for ini-
tial flow velocity, v01 = 2.39 m/s and v02 = 1.14 m/s, respectively. Experimental
studies were carried out in the region of laminar flows with Reynolds numbers
below 100.

Keywords: Water hammer · Wall shear stress · Micro-hydraulic pipe ·
Laboratory apparatus · Modelling · Method of characteristics · Unsteady friction

1 Introduction

Unsteady flows occur commonly in hydraulic, water supply and transmission systems as
well as in living organisms (circulatory systems) [1–4]. Because of the wave character of
flow disturbance propagation, they pose a considerable danger to complex systems with
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many branches (water supply and hydraulic systems) since superposition of waves can
occur in these systems [5]. In hydraulic systems (hydraulic machines, motor vehicles,
etc.), where directional valves are commonly used, each switch-over of these devices can
lead to unsteadiness. The high pressures accompanying such states can cause leaks and
in extreme cases (bursts) they can lead to the total destruction of the overloaded system
components [6]. Therefore, elements protecting such systems are commonly employed
[7]. But they considerably increase the planned costs of the systems. In order to avoid
these costs, it is necessary to better identify the behaviour of such systems under unsteady
loads. This knowledge will help to optimize the choice of system components. Mathe-
matical models describing flows with acceptable accuracy can be used for this purpose.
There is lack of existing commercial simulation software that will model all phenomena
associated with transient flowwith sufficient accuracy and/or efficiency. Inmost of them,
the dynamic frictional effect is modelled in a simplified 1-D quasi-steady way. In prac-
tice, 3-D simulations are not performed because of their very long computation time and
complexity. Themodels which enjoy increasing popularity are characterized by essential
simplicity, whereby they can be simply applied to any considered system. The group
of such models includes 1D models having a highly simplified structure [8]. They are
described by a set of partial differential equations and are mostly solved with the method
of characteristics [9]. One can use them to calculate (in close to real time) changes of
two basic flow parameters, i.e. flow rate (the mean flow velocity in the cross section)
and pressure, in specific cross-sections of the analysed system. Research has been con-
ducted for many years to increase the efficiency of such models [10–12]. Recently, it
was possible to avoid a serious error that was responsible for incorrect modelling of wall
shear stress [13–15]. In this paper a corrected 1-D efficient numerical model [16] will be
further verified and compared with new experimental results received for a short length
and very small diameter oil pipe system. Fluid hammer experiments in a micro scale
been not presented before. Correct knowledge and description of the phenomenon of
transient flow is important in such micro-hydraulic systems. Micro-hydraulic systems
are widely used in medical applications, manufacturing industry, mobile machines, air-
craft and vessels. To this end, the relevance of transient friction effect to the pipe scales
will be examined [17] and verified through experimental work. Since in the experiments
directional valve switching timewas not instantaneous it was necessary to use amodified
boundary condition.

2 Test Stand

An abrupt closure of the flow in a hydraulic conduit results in an instantaneous pressure
rise in the hydraulic line. In order to determine the effect of a micro-hydraulic system
switch-over the test stand shown in Fig. 1 was built.

A steel hydraulic pipe with an outer diameter of 0.006 [m] and an inner diameter of
0.004 [m] is the principal test stand member constituting the basis for the mathematical
model. Pressure transducers (13) and (14) were installed at the pipe’s ends. The pressure
transducers can measure pressure up to max. 25·106 [Pa]. A Casapa PLP 10.1D0 exter-
nal gear pump (3), with a unit delivery of 1·10−6 [m3/rotation], was used to generate
liquid flow and pressure. A cut-off valve (17) was installed on the pipe’s end to rapidly
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Fig. 1. Schematic of tests stand and instrumentation: 1 – safety valve, 2 – suction filter, – dis-
placement gear pump, 4 – flexible coupling, 5 – electric drive motor, 6 – power supply box with
built-in frequency converter, 7 – pressure gauge, 8 – cut-off valve, 9 – accumulator, 10–4/2 direc-
tional control valve controlled by electromagnetic coil, 11 – check valve, 12 – cut-off valve, 13, 14
– pressure transducer, 15 – pressure gauge, 16 – cut-off valve, 17 – cutting off valve controlled by
electromagnetic coil, 18 – flowmeter, 19 – throttle valve, 20 – cooler, 21 – thermometer.

close the flow through the pipe. The valve’s closing element is controlled by the coil
of a conventional magnet (acc. to the manufacturer specifications, the leakage from the
valve amounts to 5.5·10−7 [m3/s]. In the vicinity of the pressure gauge a flowmeter (with
measuring accuracy±5% of the mean value) was installed to measure the rate of flow in
the pipe. A pre-set throttle valve (19) was connected to the flowmeter’s outlet to obtain
the mean pressure in the investigated hydraulic line. A flexible hydraulic conduit with an
inner diameter of 0.004 [m] was connected to the throttle valve whereby the liquid was
transported back to the tank. A suction filter (2) was installed on the pump’s inlet port
to ensure the proper filtration of the working liquid. Further on the main delivery line
a conventionally electrically controlled directional valve (10) was connected in series.
Its function was to change the direction of the liquid flow generated by the pump at the
instant when the flow was closed by the cut-off valve situated at the pipe’s end. A check
valve (11) was installed to prevent the flow of the liquid along the section from the direc-
tional valve (10) to the investigated flow at the instant of directional valve switch-over.
A hydraulic accumulator (9) was installed after the check valve on the main supply line.
The accumulator had the form of a cylindrical tank with a capacity of 0.013 [m3]. For
system servicing purposes a cut-off valve (12) was placed between the accumulator and
the investigated pipe. On the other side, at the connection of the investigated pipe, a
pressure gauge (7) and a cut-off valve (8) were installed to measure mean pressure in
the accumulator (9). The accumulator’s supply connection was made at its bottom axis.
The hydraulic system was equipped with a thermometer (21) and a cooler (20) – a basic
system temperature stabilization component. Owing to the system’s thermal inertia and
the temperature stabilization component the set temperature could be attained with an
accuracy of ±2 [K]. The assumed water hammer could be produced by simultaneously
changing over the cutting off valve (17) and the directional valve (10). The electromag-
netic coils whose function was to control the above elements were connected in parallel



208 K. Urbanowicz et al.

to the electric power supply unit. Owing to this solution the elements could be changed
over at the same time. The pump was driven by connecting its drive shaft to an electric
motor’s shaft by means of a coupling. The motor was supplied from a frequency con-
verter (6) enabling the stepless change of the rotational speed of the motor’s drive shaft.
The investigated hydraulic conduit was immovably fixed to a foundation insulated from
ambient vibrations. The distance between the pressure measuring points (pressure sen-
sors) was L = 2.31 [m], the pressure wave speed c = 1180 [m/s], the kinematic viscosity
of the liquid in the system ν = 1 ·10−4 [m2/s] (determined according to ASTMD7042),
the density of the oil ρ = 869 [kg/m3] (determined according to ISO 12185) and the
temperature of the oil during the experiments T = 292−294 [K]. Mineral oil was the
medium used during the measurements. In order to precisely determine the viscosity and
density of the working liquid at the set temperature during the measurements a sample
of the oil was sent to a specialist laboratory. The laboratory tests conclusively showed
that oil ISO32 was the oil used in the experiments.

3 Mathematical Model (of Transient Flow in Micro-hydraulic Pipe
Systems)

The unsteady flow in pressure conduits is described in this paper by the system of basic
equations [8] of continuity (1) and motion (2):

∂p

∂t
+ c2ρ

∂v

∂x
= 0 (1)

∂v

∂t
+ 1

ρ

∂p

∂x
+ 2τ

ρR
= 0 (2)

where:
v = v(x, t) – mean velocity of the liquid in the pipe cross section,
p = p(x, t) – pressure in the pipe cross section,
R – inner diameter of the pipe,
τ – wall shear stress,
ρ – density of the liquid,
g – acceleration due to gravity,
c – pressure wave speed,
t – time,
x – axial coordinate along the pipe.

Above system of equations is solved with use of method of characteristics [8, 9] in
time domain. The distributedmodelwas chosen in this study because it could provide full
picture of the dynamic and propagating phenomena that often accompany with this type
of flow (e.g. retarded strain in plastic pipes, cavitation, etc.). It is noted that another type
of lumped parameters model in the frequency domain – transmission line method [18,
19] has been well developed and also widely applied for the simulation and analysis of
transient flows in a pipeline. However, the lumpedmodelmay not fully capture the details
of complex transient flow process due to the potential simplification and approximation
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used in its mathematical expressions such as linearized friction effect and constant wave
speed [20]. It is expected that, with the detailed transient flow results achieved by the
distributed model in this study, the lumped model will be further investigated in the
future work for comparison.

The wall shear stress τ is a function of the mean flow velocity and its derivative
τ = τ

(
v, ∂v

∂t

)
[21]:

τ = f ρ

8
v|v| + 2μ

R

∫ t

0
w(t − u) · ∂v(u)

∂t
du (3)

The first term of the above equation represents a quasi-steady quantity in which f
is the Darcy-Weisbach friction factor. The second term, which is a convolution integral,
represents a time dependent quantity in which w(t − u) is the so-called weighting func-
tion. Please note that in practice, the order of magnitude of pressure wave speed ranges
from 100 to 1400 [m/s] and the flow velocity is of order 1 to 10 [m/s]. Therefore, the
Mach number, in hydraulic/water hammer applications is often in the range from 10−3

to 10−2 [22]. This allowed to reject the convective term of velocity in the main hydro-
dynamic Stokes equation of parallel axisymmetrical flow that was Zielke starting point
when he derived the solution in form of Eq. 3. In this paper the convolution integral was
solved in an effective manner using the Urbanowicz’s solution [16]:

τ(t+�t) = ρf(t+�t)

8
v(t+�t)

∣∣v(t+�t)
∣∣+

2μ

R

∑3

i=1

[
Aiyi,(t) + ηBi

[
v(t+�t) − v(t)

] + Ci[1 − η]
[
v(t) − v(t−�t)

]]

yi,(t+�t)
(4)

Coefficients Ai, Bi,Ci and weighting function correction factor η are calculated from
the formulas discussed in detail in paper [16]. The fact that the above relation currently
consists of only three expressions is the result of the filtration of the effective weighting
functions used in the calculations. Details of this filtration are discussed in paper [23].

3.1 Boundary Condition

Since the directional valve switching time was not instantaneous, the pressure inside the
valve during the switch-over will be calculated here similarly as for slow valve closing.
As opposed to the formulas found in the literature [8, 24, 25], the formulas presented
below were derived from the orifice equation [8] for the basic flow parameters, i.e.
averaged flow and pressure velocities.

During a switching time onemay calculate the instantaneous velocity value at t < Tc
using the method of characteristics and the following formula:

v(1,t) =
0.5cρθ2v2

(1,t=0)

p(1,t=0)
−

√√
√√
√

⎛

⎝
0.5cρθ2v2

(1,t=0)

p(1,t=0)

⎞

⎠

2

+
cρθ2v

(1,t=0)2

p(1,t=0)

(
p(2,t−�t)

cρ
− v(2,t−�t) + 4�tτ(2,t−�t)

ρD

)
(5)

After calculating the above value inside the directional valve one can then determine
the pressure prevailing in the same place from the following relation:

p(1,t) = cρ
(
v(1,t) − v(2,t−�t)

) + p(2,t−�t) + 2c�tτ(2,t−�t)

R
(6)
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In the above formulas the characteristic of the directional valve being closed is
modelled by the time function θ(t). In this paper the following form of this function was
assumed:

θ = 1 −
(

t

Tc

)2

(7)

The shape of the function is shown in Fig. 2.

Fig. 2. Hydraulic valve closure relation characteristic.

4 Simulation Results

For the purposes of this study a series of experiments were carried out on the test stand
described in details in Fig. 1. The Oil ISO32 was the liquid flowing in the analysed
hydraulic system. The tests were conducted on November 12, 2019. During the tests
the temperature inside the hydraulic system increased slightly from 292 to 294 [K]. The
change in temperature affected the values of the two keymathematicalmodel parameters:
viscosity and density, whose detailed values are presented in Table 1.

The method of characteristics (MOC) [8, 9] was used to solve the system of partial
differential Eqs. (1) and (2) presented in Sect. 3. This numerical method interprets well
the physical nature of the unsteady flow and is characterized by quick convergence, the
ease of taking different boundary conditions into account, and a high accuracy of the
calculation results. Using it one can solve the analysed system of equations in a simple
way. The solution consists of finding an equivalent system of four ordinary differential
equations, which is then solved by means of finite differences. Approximation with
first-order differential schemes yields satisfactory results. The detailed solution can be
found in [10]. The calculated pressure wave speed in this short pipe (L = 2.31 [m])
was estimated from the obtained experimental results and its value was c = 1180 [m/s].
In all the investigations presented below the conduit was discretized into N = 16 [-]
elements (the number of reaches in the numerical calculation). This axial discretization
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guaranteed the fulfilment of the computational compliance criteria [26] and forced the
following time step�t = 1.22·10−4 [s]. All the other parameters needed for simulations
are contained in Table 1. Selected results of the tests are presented in Figs. 3 and 4 below,
where the experimental results (the broken line) are comparedwith the simulation results
(the solid line). For each of the investigated flows the simulation results were obtained
in four ways:

a) by rapidly (instantaneously) switching over the directional valve (Tc < �t) –
hydraulic resistance calculated in the quasi-steady way (denoted as IC+QSF);

b) by spreading the switching-over time of the directional valve (the switching time of
directional valve was assumed in numerical calculations to be a quarter of a period
of hydraulic hammer Tc = L

c = 2.31
1180 = 1.96 · 10−3 [s]) – hydraulic resistance

calculated in the quasi-steady way (denoted as RC+QSF);
c) by rapidly (instantaneously) switching-over the directional valve – hydraulic

resistance calculated using the unsteady model (denoted as IC+UF);
d) by spreading the switching-over time of the directional valve – unsteady resistance

(denoted as RC+U).

For clarity, the abbreviations used in the above four cases and the following figures
stand for: IC – instantaneous closing time, QSF – quasi-steady friction, UF – unsteady
friction, RC – realistic closing time.

Table 1. Parameters of analysed flows.

Case Q [m3/s] v0 [m/s] Re [-] pR [MPa] ρ[kg/m3] ν [m2/s] T [K]

C01 3.00 · 10−5 2.39 86.86 5.25 870 1.1 · 10−4 292

C02 1.44 · 10−5 1.14 45.73 5.00 869 1 · 10−4 293

The comparisons for case C01 (characterized by the highest initial flow velocity)
clearly indicate the effect of unsteady friction and the boundary condition (real closing)
on the modelled graphs. Both the boundary condition and unsteady friction may indi-
rectly affect the duration of the successive pressure amplitudes [27]. When RC and UF
are used, this duration will be extended. Owing to this, when considering the effect of
unsteady friction, the simulation conformity can be regarded as satisfactory (Fig. 3d).
As shown in Fig. 3a, the use of only quasi-steady resistance with a rapid instantaneous
switching-over of the directional valve can result in a simulation graph significantly dif-
ferent from the real one. The discrepancy is most visible for the first amplitude, where
the experimental graph gradually increases until it reaches its maximum value (at t =
0.005 [s]), and then gradually decreases over time until it reaches its minimum at t =
0.009 [s]. Whereas in the case of the simulated graph, the pressure rise and drop are
instantaneous and out of phase (e.g. the sharp pressure drop at t = 0.005 [s]). These
figures show that the device registering pressure jumps (the pressure sensor) captured
the first three amplitudes. The next amplitudes are not visible in the graph, which is



212 K. Urbanowicz et al.

Fig. 3. Pressure variation in case C01 (v01 = 2.39 [m/ s]).

due to the high noisiness of the experimental results performed in this micro-hydraulic
pipeline system.

The second case, i.e. C02, was characterized by relatively low flow velocity
v02 = 1.14 [m/ s] that has a lower Reynolds number than former case C01. Similarly,
the measurement noise is also significant at this rate. Fortunately, the first three pressure
amplitudes have been correctly registered, while the next amplitudes are very noisy.
Meanwhile, the use of solely the quasi-steady model approach (Fig. 4a) can result in
significant discrepancies (e.g., the third amplitude is modelled in counter phase) and
that the use of a correct boundary condition (described by Eqs. (5) to (7)) coupled with
unsteady friction (Fig. 4d) would be able to provide better fit of the simulated result to the
experimental one. Furthermore, the comparison of results in Figs. 3 and 4 demonstrates
that the system and measurement noise can provide more significant influence in case
C02 than case C01, which indicates the resistance of initial Reynolds number flow state
to the influence of system and measurement noise (i.e., noise tolerance).
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Fig. 4. Pressure variation in case C02 (v02 = 1.14 [m/ s]).

Summing up, the comparisons of these two cases show that:

– in microscale conduits, in which the closing time of the flow cutting off element (a
valve, a slide, etc.) is greater or equal to ¼ of the water hammer period Tc ≥ L/c, the
effect of this closure can be regarded as significant;

– when considering the real valve closing time in the modelling, this has a significant
effect on the results of simulations (the shape of the modelled graphs is consistent
with that of the experimental graphs);

– in the case of such microscale conduit sections, it is recommended to take unsteady
friction into account since it also has an important influence on the final shape of the
modelled amplitudes (e.g., comparing Fig. 3b and Fig. 4b (RC+QSF) with the results
obtained using the model presented in this paper – Fig. 3d and Fig. 4d (RC+UF));

– the conventionalmodel, commonly used to simulate flows in pipeswith inner diameter
D> 10·10−3 [m], is also suitable formodellingwater hammers in pipeswith relatively
small diameters D ≤ 4 · 10−3 [m] (usually regarded as microtubes [28, 29]).

5 Conclusions

Numerous comparative investigations were carried out as part of this research on fluid
hammer in a micro-hydraulic pipeline system. The experimental results were compared
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with the numerical results obtained by solving the basic one-dimensional unsteady pipe
flow equations.

The selected results of the comparative investigations have revealed an important
role of the correct modelling of the flow cutting-off device closing characteristic (close
to the real one) when a simple water hammer (Tc ≤ 2L

c ) occurs in the system. In real
microscale systems, directional valve switching time is never instantaneous. The results
discussed in this paper and the analysis have shown that the switching-over time is of
key importance in this kind of systems. The experimentally determined (from the results
of pressure pulsations – at the first amplitude) valve closing time Tc = 2.6·10−3 [s] was
a little different than the assumed one in the numerical simulations Tc = 1.96·10−3 [s],
which indicates a further need to modify this boundary condition and to verify it in a
broader comparative range.

Themodifiednumericalmethod [16, 23] has been confirmed to be effective in predict-
ing transient states in such systems (short pipe sections with very small inner diameter).
As a next step in our research work, the investigations will be continued with applying
the other fluid (oil ISO10) that has much lower viscosity, so as to further verify the
developed model as well as to examine the effects of the temperature on different fluids
in micro-hydraulic pipe systems.
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Abstract. The leveling process for the hydraulic lifting mechanism of the brick-
laying robot is complicated. The article presents the designing process andmethod
of controlling a four-cylinder electro-hydraulic (EH) servo drives system.As a part
of the research, a mathematical model was established and the process of leveling
a mobile support platform of the bricklaying robot was optimized. A kinematic
analysis of the lifting mechanism was carried out. The mathematical model of
the hydraulic system was presented. The work scheme was designed on the base
of the strategy of leveling and planning the displacement trajectory of individual
EH servo drive. The designed control system takes into account not only position
errors for individual drive axis, but also synchronization errors with neighbor-
ing axes. The synchronization function for the control system, which takes into
account the positioning errors of individual drive axis, was specified.

Keywords: Bricklaying robot · Electro-hydraulic servo drive · Leveling system

1 Introduction

Masonry works are one of the very early human craftsmanship. However, this discipline
has not achieved a high degree of automation. A number of attempts were made to
develop mobile construction works, the most advanced of which were the projects [1,
2]. These studies date back to the early 90s of the 20th century, when the motivation
for designers was to improve the efficiency and savings of building construction, mainly
through the use of the ability ofmachines to carry larger loads [4]. Theseworks, although
very advanced, did not find full practical application because they were not flexible
enough to adapt and respond to various situations occurring on the construction site.
Thanks to the introduction of digital technologies in architecture, research centers such
as Harvard GSD, Carnegie Mellon and the University of Stuttgart have created research
laboratories for the construction of constructionworks [8]. These centers have developed
various technologies and prototype elements aimed at increasing the role of robots in
construction works, in particular bricklaying. In addition, some commercial masonry
works were developed, such as Hadrian and Semi Automated bricklaying robot SAM,
which perform masonry processes. The common feature of these projects is that they
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have all tried to replace building materials with new materials that may be more suitable
for the use of robots [5].

Contemporary works intended for construction works can be divided into several
categories:

• remote controlled robots, which are controlled by a human using a remote control,
where decisions are made by the operator based on the collected information.

• programmable construction machines in which the operator can choose from
a function menu or teach a robot to perform a new function.

• intelligent systems in which unmanned, fully automated construction machines per-
form tasks without direct human intervention. This category may also include semi-
automatic machines that are not completely unmanned and some level of human
control is present.

Because bricklaying is a repetitive process, we can easily automate it. To carry out
the masonry process, the robot must detect and then take a brick from the warehouse.
Then the brick should be placed in the right position on a properly prepared base -mortar.
During capturing and laying bricks, the robot should avoid collisions with obstacles. For
such a dynamic area as a construction site, obstacles detection requires the active motion
planning techniques basedon real-time sensorydata. In addition, the bricklayingmachine
must be “aware” of the progress of wall evolution. To introduce this technology during
masonry work, the following basic technical problems must be solved: robot movement
along the erected wall, accurate reference of the robot working area axis relative to
the entire wall (building), creating and programming complex interactions within the
working area for the process collecting and laying of individual bricks, creating and
programming interactions for the process of filling joints with mortar [3].

As a part of the research and development works, a design of the Bricklaying
Robotic System (BRS) prototype was made (Fig. 1), meeting the expectations of con-
struction companies in the field of robotization of time-consuming and arduous manual
construction works.

Fig. 1. Model view Bricklaying Robotic System (BRS) 1 - basic robot (BR), 2 - mobile hydraulic
module (MHM) 3 - support module (SM), 4 - gripper 5 - bricks feeder.
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The Bricklaying Robotic System (BRS) consists of a basic robot (BR) (1) equipped
with a gripper (4). Basic robot (BR) is set on amobile hydraulic module (MHM) (2). The
BRS is equipped with a lifting and positioning control system as well as a control system
for working movements of the basic robot. Concept of the control system for leveling as
well as the systemof indicators formeasuring and controllingBRSwork parameterswere
developed. BRSwill have a feederwith a reservoir (5) for various buildingmaterials used
during bricklaying, and a mortar feeder. Figure 2 and 3 respectively show: the process
of bricklaying simulation and the working range of the designed BRS prototype.

Fig. 2. Simulation tests of the bricklaying process.

Fig. 3. Working range of the bricklaying robot.



The Electro-Hydraulic Lifting and Leveling System for the Bricklaying Robot 219

2 Dynamic Model of the MHM

Mobile hydraulic module (MHM) is a support platform for further development of
devices used in cooperating constructionworks, such as: constructionmanipulator,mate-
rial warehouse or lifting platform. It is made of a mobile platform, which ensures the
movement of MHM and two supporting modules (SM). Each of the supporting mod-
ules has extendable legs with a cross structure, which are lowered by means of two
electro-hydraulic servo drives. The main task of the platform is to move the BRS to the
designated working area and then precisely raise the BRS to the desired height along
with its leveling. Both of these tasks are significantly influenced by the dynamic behav-
ior of the mobile module itself and the mechanisms mounted on it. Figure 4 shows the
model of the mobile hydraulic module (MHM).

Fig. 4. Mobile hydraulic module (MHM).

Calculation diagram of the single supporting module (SM) consisting of the double-
acting cylinder with one-sided piston rod and proportional directional control valve is
presented in the Fig. 5. The mass of the loadM was placed centrally on a plane 2a wide
and 2b long for simplicity.

For themodule (MHM) (Fig. 4) the following equations ofmotion along the direction
of gravity and rotation around the axis x (r – roll) and y (p – pitch) can be obtained:

M z̈M =
4∑

i=1

Fi+
4∑

i=1

Fri sin(θr) +
4∑

i=1

Fpi sin(θp) − Mg
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Jr θ̈r =
4∑

i=1

((Fi + Fri sin(θr))ari

Jpθ̈p =
4∑

i=1

((Fi + Fpi sin(θp))bpi (1)

where: zM –module center of gravity position,M – totalmass of the load,g–gravitational
constant,Fi,Fri,Fpi – reaction forces for electrohydraulic servo drives for i = 1, 2, · · · n,
ari, bpi – arms length for moments of forces, Jr, Jp – moments of module inertia, θr, θp
– angles of rotation. If we assume, that θr, θp is small then sin(θr) ≈ 0 and sin(θp) ≈ 0.

In contact with the hydraulic supports with the ground, the following occurs:

Gi = ki(z0 − zi) + bi(ż0 − żi), i = 1, 2, · · · , n (2)

where: ki, bi – stiffness and damping ratio.

Fig. 5. Scheme of the support modules.

Equations containing mechanical and hydraulic variables are described by:

Fi = A1ip1i − A2ip2i
Q1i = A1i żi + C1i ṗ1i + Glei(p1i − p2i), i = 1, 2, · · · , n

Q2i = A2i żi − C2iṗ2i + Glei(p1i − p2i) (3)

where:Q1i – volumetric flow rate,C1i,C2i – fluid capacitances in the cylinder chambers,
Glei – coefficients of leakages in the cylinder,A1i, A2i – effective area of cylinder’s piston,
p1i, p2i – pressure in individual cylinder’s chambers.

The hydraulic forces developed by the actuators are given by:

[
p1i · A1i − p2i · A2i

] =
[
A1i · p0 − A2i · pT − A3

1i + A3
2i

(K1 · u + K0.1)2
· h2i

]
, i = 1, 2, · · · n

(4)
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where:ui –control inputs,K1,K0.1 – constants factors,p0 – supplypressure,pT –pressure
in the tank which correspond to the main and leakage valve flow paths.

The equation of motion of each hydraulic cylinder piston is:

miz̈ = (P1i − P2i)A2i − biż − Fci (5)

and the equations of motion of the support module are:

{
F1 + F2 − Mg = M z̈M
(F1 + F2)a = J θ̈

(6)

where: xM = (z1 + z2)/2, Fi = Fci
r1

(r1+r2)
and θ = (z1 − z2)/2a.

Due to the symmetrical shape of MHM, it can be assumed that the center of gravity
of the platform is in the middle. The system can be described by the formulas:

⎧
⎨

⎩

MLz̈q = LmG − Mg

G = Ki(z0 − zi) + Bi(ż0 − żi), i = 1, 2, · · · , n
mz̈L = F − G

(7)

where:

G = [G1,G2, · · · ,Gn]T , is vector loading forces,
zq = [z1, z2, · · · , zn]T , is platform displacement vector,
zh = [zh1, zh2, · · · , zhn]T , is hydraulic cylinder displacement vector,

Lm =
⎡

⎣
1 1 · · · 1
ar1 ar2 · · · arn
bp1 bp2 · · · bpn

⎤

⎦, is an arm matrix with a fixed moment relative to the axis r

(roll) and p (pitch),

Mg =
⎡

⎣
M · g
0
0

⎤

⎦, is a mass load matrix,

F = MA·

⎡

⎢⎢⎢⎢⎢⎣

A11 · p11 − A21 · p21 − m1g
A12 · p12 − A22 · p22 − m2g
A13 · p13 − A23 · p23 − m3g

· · ·
A1n · p1n − A2n · p2n − mng

⎤

⎥⎥⎥⎥⎥⎦
, is thematrix of forces generated by hydraulic

cylinders, MA = r1
(r1+r2)

is mechanical advantage.

ML = diag
([
M Jr Jp

])
L−1
rp , is the load inertia matrix,

were: Lrp =

⎡

⎢⎢⎢⎣

1 ar1 bp1
1 ar2 bp2
...

...
...

1 arn bpn

⎤

⎥⎥⎥⎦,

Ki = diag
([
k1 k2 · · · kn

])
, is the contact stiffness matrix,

Bi = diag
([
b1 b2 · · · bn

])
, is the contact viscous damping coefficient matrix.



222 P. Wos et al.

3 Lifting Process MHM

The process of extending the support module (SM) takes place in two stages: the exten-
sion of the module legs to the maximum elongation, followed by the MHM lifting
process. The lifting process can be divided into three stages. The first stage occurs when
the cross-drive cylinders quickly extend to the ground without load. After placing the
legs on the ground, the second stage occurs, when the support cylinders synchronously
extend to a certain height. This is followed by a leveling step when the MMH actua-
tors move according to the horizontal slope relationship to complete the leveling. After
leveling, the MHM platform is locked mechanically.

3.1 Synchronous Movement

The problem of synchronization of many linear hydraulic cylinders arises in heavy,
hydraulically controlled applications such as lifting devices, construction and agricul-
tural machinery [7, 9]. This problem is most often solved by introducing to each parallel
actuator branch an additional hydraulic resistance adjusted manually or automatically.
In the case of manually adjustable hydraulic resistance, this boils down to the use of a
throttle valve, and in the case of automatically adjustable hydraulic resistance, the use
of a flow controller. In both cases, the idea of solving the problem of motion synchro-
nization boils down to creating additional pressure drops in the power supply branches
of individual drives so that the pressure in the pump discharge line, determined from the
equilibrium pressure equations arranged for the power branches of individual drives, is
the same [6, 7].

During synchronization, the differential position errors between the hydraulic actu-
ators converge to zero. The position error of i-th hydraulic actuator is defined as
follows:

ei(z) = zdi (t) − zi(t), (8)

where: zdi (t) is the desired generated length and zi(t) is the actual measured length of
i-th hydraulic actuator.

The position error vector of four actuators is:

e(t) = [e1(t), e2(t), e3(t), e4(t)]
T (9)

If the ratio of the actual position of each hydraulic actuator at each sampling time is
equal to that of all other actuators, then the MMH moves in a synchronous manner. The
synchronization goal is understood to be as follows:

e1(t) = e2(t) = e3(t) = e4(t) (10)

Thus, the synchronization error is defined as:

⎧
⎪⎪⎪⎨

⎪⎪⎪⎩

ε1(t) = e1(t) − e2(t)

ε2(t) = e2(t) − e3(t)

ε3(t) = e3(t) − e4(t)

ε4(t) = e4(t) − e1(t)

(11)



The Electro-Hydraulic Lifting and Leveling System for the Bricklaying Robot 223

where: ε(t) = [ε1(t), ε2(t), ε3(t), ε4(t)]T and T =

⎡

⎢⎢⎣

1 −1 0 0
0 1 −1 0
0 0 1 −1

−1 0 0 1

⎤

⎥⎥⎦ is 4 × 4

synchronization transformation matrix.
The position control system is designed by combining the position error and

synchronization error. Herein, in conceiving a cross-coupled controller (CCC), the
cross-coupling error ci includes the position error ei and the synchronization error εi:

ci(t) = ei(t) + βi

t∫

0

εi(ω)dω, (12)

where βi is positive coupling parameter which determines the weight of the synchro-
nization error, wherein as βi increases, the synchronization error εi decreases, ω is a
parameter at a variable time, from t = 0 to t.

The position synchronization error looks for the difference between the position
errors of many axes and is based on the synchronization function (12).

The block example diagram of the synchronization function designed in Mat-
lab/Simulink is shown in the Fig. 6 [10].

Fig. 6. Scheme a subsystem of the synchronization controller in Matlab/Simulink.

3.2 Leveling

To obtain the relationship between the slope and displacement angles of hydraulic cylin-
ders, it was assumed that the angle θp (pitch) is measured from the X axis and the angle
θr (roll) from the Y axis in the direction of the Z axis. The purpose of leveling is to set the
surface of the robot platform so that these angles are zero. The determined coordinate
system is shown in Fig. 7.

Rx(θr) =
⎡

⎣
1 0 0
0 cos θr sin θr

0 − sin θr cos θr

⎤

⎦,Ry(θp) =
⎡

⎣
cos θp 0 sin θp

0 1 0
− sin θp 0 cos θp

⎤

⎦ (13)
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Fig. 7. Coordinate system for MHM.

In fact, during the leveling process the deviation in the platform level is small. With
this assumption, we can determine the following relationships: cos θr = cos θp = 1 and
sin θr = θr , sin θp = θp.

The equation for the coordinate transformation of a leveling plane is obtained as
follows:

⎡

⎣
x

′

y
′

z
′

⎤

⎦ = Rx(θr)Ry(θp)

⎡

⎣
x
y
z

⎤

⎦;
⎡

⎣
x

′

y
′

z
′

⎤

⎦ =
⎡

⎣
1 0 θp

0 1 θr

−θp θr 1

⎤

⎦

⎡

⎣
x
y
z

⎤

⎦ (14)

Assuming that the height of each leg of the platform supports means z1, z2, z3 and
z4, we can get the following relationships:

⎧
⎪⎪⎨

⎪⎪⎩

z1 = 0, z2 = 2a · θr, z3 = −2b · θp, z4 = −2b · θp + 2a · θr,

z1 = −2a · θr, z2 = 0 · θr, z3 = −2b · θp − 2a · θr, z4 = −2b · θp,

z1 = 2b · θp, z2 = 2b · θp + 2a · θr, z3 = 0, z4 = 2a · θr,

z1 = 2b · θp − 2a · θr, z2 = 2b · θp, z3 = −2a · θr, z4 = 0.

(15)

Each zero value of offsets z1, z2, z3 and z4 means the highest position in relation to
the other legs of the supports. Figure 8 shows the control system diagram for MHMwith
synchronization and leveling.

For the simulation purposes constant values of parameters were accepted and imple-
mented (Table 1). Figures 9, 10 and 11 show graphs results of the synchronization and
leveling processes.
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Fig. 8. The controller block diagram of the MHM with synchronization.

Table 1. Simulation parameters.

ps 16 MPa M 1000 kg

A1i 1.256 × 10−3 m2 A2i 1.134 × 10−3 m2

2a 1568 mm 2b 2358 mm

Fig. 9. Synchronization error εi for references rectangular input signals uiref .
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Fig. 10. Synchronization error εi for references sinusoidal input signals uiref = 0.08 Hz.

Fig. 11. Leveling angles signals: θr – roll and θp – pitch.

4 Summary

A technical solution was presented to the lifting and leveling system of the mobile
hydraulic module (MHM) unit, where electro-hydraulic control and drive systems were
used. This assembly is used to displace, position and transport of the BricklayingRobotic
System (BRS). A model of platformMHM dynamics was presented along with a model
of hydraulic drives. A control system diagram was developed. Simulation tests were
carried out to test the accepted scheme of the bricklaying robot. The presented MHM
control system uses feedback from platform bracket position errors, synchronization
errors and tilt angles.
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Abstract. The paper presents problems related to the lubrication of moving
machine nodes that are operating in an aggressive environment occurring in cop-
per mines. The analysis was based on the exploitation of self-propelled wheeled
machines, such as transport vehicles, loaders, drilling and anchoring cars. In self-
propelled machines there are from 15 to 40 moving parts exposed to high impact
loads and stresses. These are mainly bolted joints performing swinging motion
as well as rotary motion at low rotational speeds up to 10 rpm. Observations and
operational tests of several dozen manifolds and pumps operating in the environ-
ment occurring in KGHMPolskaMiedź copper mines were carried out during two
years. It was stated that elements made of aluminum or its alloys should not be
used, and should be replaced with bronze (the proposal results in the increase of
weight and costs of the system, but observational studies have shown that the dura-
bility and reliability of pumps increased more than three times, and the durability
of the manifolds with the bronze body has increased more than five times). It was
recommended to avoid the use of electronic systems on actuators in central lubri-
cation systems (control systems should be encapsulated) and to use pumps with
a hydraulic drive, which is commonly used in the working elements of machines
used in a copper mine. The proposed lubrication system made of bronze and with
hydraulic drive is several times more durable and cheaper to operate compared to
the central lubrication systems used so far.

Keywords: Mining machinery · Exploitation · Grease · Central multi-circuit
lubrication · Progressive lubrication

1 Introduction

Skillful and effective lubrication of machines is very important from the profitability
of modern industry point of view. Primarily, it is associated with the extension of the
service life of lubricated equipment, reduction of production interruptions and reduction

© The Editor(s) (if applicable) and The Author(s), under exclusive license
to Springer Nature Switzerland AG 2021
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of production costs. Appropriate selection of lubricant is the easiest way to extend the
life of machines [1–5]. In many cases, a slight modification or change of the lubricant [6,
7] extends the life of the element, slightly (or not at all) increasing the cost of use. It is
much cheaper procedure than changing materials from which the cooperating elements
are made.

Another and even the main condition for effective lubrication is its automation.
Lubrication systems primarily enabled the precise supply of the right amount of lubricant
to all tribological nodes, and alsominimized the possibility of omission by the lubricating
person hardly accessible and invisible at first glance friction pairs. Lubrication systems,
by rational dosing of plastic greases and lubricating oils in terms of the quantity and
frequency of lubrication of friction pairs, have contributed tomore effective protection of
the natural environment. This is of great importance considering the amount of lubricants
used in highly industrialized countries. For example, in 2015 global consumption of
lubricants was recorded at 35.6 million m3, while only in the United States about 9
million m3 was used at the time [8]. In special cases, centralized lubrication systems
compared to traditional lubrication have reduced lubricant consumption by up to 90%
[9].

An optimally designed lubrication system should reliably distribute lubricant to
specific collection points. Designing such a system is particularly difficult if it supplies
heavily loaded machinery with lubricant, containing a large (up to several hundred)
number of various types of friction nodes, arranged non-linearly, at a large distance
from each other. Extremely important problem, often ignored by engineers, are difficult
environmental conditions in which lubrication systems are operated (e.g. high humidity,
pollutionwith coal dust, water, brine). All these factorsmakes it a big challenge to design
a lubrication system that works well even for an experienced designer specializing in
this particular field.

The aimof this study is to present themain problems encountered during the exploita-
tion of a fully automated lubrication systems of friction nodes of mining machines
working in underground mines. Problems related with lubrication of machine moving
nodes operating in an aggressive environment occurring in copper mines, with particu-
lar emphasis on the mining plants Polkowice-Sieroszowice and Rudna, belonging to the
KGHM Polska Miedź S.A. group were presented. The analysis was based on the opera-
tion of self-propelled wheeled machines, such as transport vehicles, loaders, drilling and
anchoring cars. In these machines there are from 15 to 40 moving elements that are sub-
jected to high impact loads and stresses (high pressure with concentrated contact, which
is the worst type of contact of cooperating elements). These are mainly bolted joints,
which perform swinging motion, as well as rotary motion at low rotational speeds up to
10 rpm. Centralized lubrication systems of self-propelled wheeled machines supplying
lubricants from a dozen to several dozen tribological nodes have been analyzed. The
work contains the test results of structural components of lubrication systems, including
manifolds and valves, which are elements of the hydraulic system deciding on the value
of basic parameters that significantly affect the work of the energy receiver and the entire
hydraulic system [10, 11]. The paper also provides valuable tips for future designers and
constructors of central lubrication systems for mining machines.
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2 Machines and Environmental Parameters in Selected Copper
Mines

Mining machines working in copper mines have a specific design and size. For example,
the total height of the machine does not exceed the average human height and is a maxi-
mum of 1800 mm. This parameter and other construction and operational requirements
set for mining machines result from many factors. They consist of geological factors
determining the dimensions of excavations, safety and employee protection recommen-
dations, as well as a number of construction and material guidelines determining many
parameters of machines. Additionally, recommendations and limitations resulting from
the experience of employees and broadly understood human factors should be remem-
bered. Figures 1 and 2 show examples of self-propelled mining machines operating in
copper mines.

Fig. 1. Self-propelled loading vehicle [12].

Fig. 2. Self-propelled drilling and anchoring vehicle Face Master 1.7 [13].

Observation and analysis of lubrication systemswere carried out in themining plants
of ZG Polkowice-Sieroszowice and ZG Rudna belonging to KGHM Polska Miedź S.A.
The operational tests of these elements depended on the ambient conditions, which are
not identical in both mines. Environmental and operating conditions of these elements
are presented in Table 1 [14].

Copper ore deposits in these mining plants are located at a depth of 500 m to over
1100 m. The depth of copper deposits and a high geothermal degree in this region
of Poland on average 32.8 m/1 °C [15] (the average geothermal gradient is therefore
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Table 1. Working conditions of machines in the analyzed coal mines KGHM Polska Miedź S.A.

Department of ZG Rudna Department of
Polkowice-Sieroszowice

1. Climatic conditions:

a. air temperature [°C] 47 41

b. air humidity [%] 95% 97

c. dust [mg/m3] 20 19.31

d. air composition [mg/m3]:

- Carbon monoxide
- nitric oxide
- Sulphur dioxide
- hydrogen sulfide

180
10
5
(only for NDS-10) 10

120
3
0.2
20

2. Water pollution [g/l]

a. index pH 7 7.81

b. total dissolved substances 270 311.2

c. dissolved mineral substances 250 297.2

d. salt content 250 297.2

e. chlorides 145 193.23

f. sulfate content 2.5 5.59

g. sodium content 85 126.7

h. potassium content 1.2 2.140

i. magnesium content 1.5 2.04

j. calcium content 9 2.108

k. mineralization 250 311.2

3. Type of work: a. work in four-shift system
b. working time during the shift is about 5 h
c. working time with a maximum allowed efficiency of

about 85%

3 °C/100 m) imposes high working temperature of machines and people. The ambient
temperature assuming the degree of geothermal and heat generated by the operating
machines underground is from 25 °C to 40 °C. It can be concluded that the lubricating
nodes described in this article operate at elevated temperatures (in fact, the operating
temperature of the node is higher than the ambient temperature). In addition, copper ore
deposits are irregularly located, and sometimes arranged in bands about 1 m high, with
a tendency to ‘fall down’. It should be noted that the geological structure is complex.
Above the copper deposits at a depth of 300–500 m there are rich salt beds after the
previous presence of a lake or salt sea.

Taking into account the geological factors and temperature it should be noted that
working conditions of machinery and equipment are very unfavorable underground. The
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geological structure of copper ore, the presence of NaCl salts, high humidity and the
emission of other chemical compounds cause that pumped from the earth’s surface air
contains a lot of compounds that negatively affect mining machines and people working
there. The content of these compounds in the atmosphere is shown in Table 1.

Analyzing the presented data, it should be clearly stated thatminingmachineswork in
a chemically aggressive environment and at elevated ambient temperature. Due to these
difficult operating conditions, since the 90 s in over 80% of all self-propelled machines
central lubrication systems have been used in their moving nodes. Most solutions use
progressive multi-circuit systems with automatic steering and control. The lubricant is
plastic greases with various thickeners and base oil. Lubricants with a consistency of
NLGI 1 or 2 are used [9, 16, 18–20].

3 Central Lubrication Systems

The purpose of using central lubrication systems (CUS) is to extend the machine’s
operating time by preventing seizure of bolt connections in their operating systems. The
simultaneous use of CUS eliminates the human factor for carrying out maintenance and
conservation activities in the these machines.

3.1 Characteristics of Research Objects and Operational Tests

Figure 3 shows a diagram of a typical central lubrication system used in the observed
mining machines [17].

Fig. 3. Diagram of central lubrication system [17].
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The presented central lubrication system is a three-circuit progressive system. It uses
a pump with an electric drive with a 24 V DC motor, where the pump body is made of
aluminum alloys. The progressive distributors installed in it also had aluminum bodies.
On grease supply lines polyurethane (PUR) with a textile braid and a polyethylene (PE),
polyurethane or polypropylene (PP) sheath is used.

The solution with the use of aluminum and their alloys allowed the installation of
lubrication systems with lower weight than other metals and their alloys. This app-
roach is right, because taking into account the criterion of minimum emissions from
combustion engines driving machines and their operating systems, the design of these
machines strives to keep their total weight as low as possible with maximum reliability
and efficiency.

Figure 4 presents photos of pumps, distributors and accessories installed in mining
machines equipped with lubrication systems.

Fig. 4. Elements of the central lubrication system: a - distributor, b - pump aggregate [17].

In the years 2017–2018 at the mining departments of the plants belonging to the
company KGHM Polska Miedź S.A. operational observations were carried out and an
analysis of the failures of these lubricating system components was carried out. Table 2
contains the type and number of lubrication system components evaluated for durability
and reliability during their operation.

Table 2 presents a summary of the assessment results of the operational reliability
of lubrication system components. Together, 36 manifolds with an aluminum housing
were used for the tests, which were subject to frequent failures during the tests and
observations. The main cause of damage was corrosion of housings, resulting in a total
failure of the machine’s lubrication system. Distributor housing and its condition pre-
vented further repairs, which necessitated the replacement of these elements with new
ones. It was similar with fixing elements, which together with the distributor were also
damaged and had to be replaced. An example of manifold corrosion is shown in Fig. 5,
where numerous pits, body defects and breaking off of fixing elements of the lubrication
system are visible. They perfectly show how destructively aggressive mine environment
affects the machine and its components - and only after less than 3 months of work.
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Table 2. Description of failure of analyzed lubrication system elements during exploitation.

Item Item name Quantity Description of wear or failure

1 Distributor progressive type
VPB-B/6/with housing made of AL

21 Housing material loss due to
corrosion. Corrosion of steel
structural elements of the manifold
(elements sealing the flow of grease
in the manifold housing) with few
defects in the components. Few
leakage of grease between the
distributor housing and connecting
elements with the central lubrication
system

2. Distributor progressive type
VPB-B/8/with housing made of AL

9

3. Distributor progressive type
VPB-B/10/with housing made of AL

6

4. GMG-L series lubrication pump with
built-in electronic controller with
system operation control

5 Numerous failures of the control
system. Corrosion of electronic
systems. Corrosion of the pump’s
aluminum components. Electric
drive failure

Fig. 5. Grease distributors after the service life.

FiveGMG-L lubrication systempumpswere also selected for operational tests. These
are electrically driven pumps with a built-in pump control and monitoring system. This
hybrid is widely used in mobile central lubrication systems. However, as shown by
operational observations, such a system is not suitable for use in a copper ore mine.
The mine’s environment had a destructive effect on the aluminum components of the
pump housing and on the controller electronics. The average trouble-free operation of
the pump controller was twomonths. After this period, it was necessary to replace it with
a new one. On average, every 3 months, the pump housing components were cleaned,
maintained and repaired.

Figure 6 shows an example of the pump after about three months of operation. Pay
attention to manifolds and their corrosion throughout (Fig. 8). These elements worked
many times directly in the water on the mine floor.
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Fig. 6. Grease pump during operation.

3.2 Design Recommendations and Operational Tests of Modified Lubrication
Systems

After analyzing the wear, efficiency and failure rate of UCS machines and components,
and determining the permissible time of their operation (durability), new construction
solutions were proposed. Instead of aluminum manifolds, new manifolds of similar
design and performance have been used, but with a bronze housing. The capacity, dimen-
sions and connections of the manifolds have been the same as for the manifolds with
aluminum housing.

A hydraulic drive pump with a carbon steel body, protected with a varnish coating
(urea paint) and progressive distributors with a bronze body were also introduced.

Figure 7 shows a GAT hydraulic drive pump, and Fig. 8 shows a photograph of a
progressive distributor which body is made of bronze.

The results of operational research are shown in Table 3.

Fig. 7. Pump with GAT hydraulic drive.

After operational tests of 11 new manifolds, it turned out that the bronze housing is
very resistant to corrosion caused by the aggressive environment in the copper ore mine.
The distributors, after some time, about 2 months, were covered with a corrosion layer of
copper sulphide, but the corrosion did not continue. A thin layer of green copper sulphide
and copper compounds acted as a natural anti-corrosion agent and the distributors were
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Fig. 8. Progressive distributor with a bronze body.

Table 3. Description of failures of modified lubrication system elements.

Item Item name Quantity Description of wear or failure

1. Distributor progressive type
VPB-H/6/with a bronze housing

4 Few corrosion of the housing. The
change of the housing color to green
due to the mine environment -
separation of the copper sulphide
layer limited further corrosion of the
housing

2. Distributor progressive type
VPB-B/8/with a bronze housing

5

3. Distributor progressive type
VPB-B/10/with a bronze housing

2

4. Pump with hydraulic drive, GAT
series

2 Sparse failures sensor lubricant level
in the pump

working properly. Only a few lubricant leaks appeared in the housing connections with
the grease lead connector, but it was possible to quickly eliminate leaks or replace these
fixing elements.

The situation was similar with modified pumps. New generation GAT series pumps
with a hydraulic drive, which were used in operational tests in the number of 2, did not
show any defects in electrically driven pumps. The pump control of the GAT series is
placed in the central controller of the working machine and in the housing resistant to
the atmosphere of the mine. Only a few, about three, cases of incorrect reading of the
location of the grease level sensor in the tank were found, which were quickly repaired
and it did not have significant meaning in the operation of the lubrication system. This
is the only element mounted outside the pump body.

However, The introducedmodifications also have disadvantages. The design solution
of lubrication systems using a pump with a hydraulic drive and manifolds with a bronze
body, increased theweight of the entireUCS systemby over 100%.However, operational
observations showed that the durability and reliability of the pumps increased more
than 3 times. Electrical failure caused by corrosion or interruption of the electric wires
supplying and controlling the pump have been eliminated. The durability of distributors
with a bronze body compared to those with an aluminum body increased more than five
times.
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3.3 Summary and Conclusions

The paper presents problems related to the lubrication of moving nodes of self-propelled
wheeled machines, operated in an aggressive environment and at elevated temperatures
occurring in coppermines. Observations and operational tests of several dozenmanifolds
and pumps operating in the environment occurring inKGHMPolskaMiedź coppermines
during two years allowed to draw a number of conclusions:

– elements made of aluminum or its alloys should not be used, and should be replaced
with bronze (the design solution of lubrication systems using a pump with a hydraulic
drive and manifolds with a bronze body resulted in an increase in the weight of the
entire UCS system by over 100%, however, operational observations showed that
pump durability and reliability increased more than three times, and manifolds with
bronze body increased more than five times),

– the use of electronic systems on actuators in central lubrication systems should be
avoided (eliminated electrical failures caused by corrosion or interruption of the
electric wires supplying and controlling the pump by enclosing the control systems),

– hydraulic drive, which is widely used in the working elements of machines used in a
copper mine, turned out to be the optimal drive in central lubrication pumps.

The above observations are very promising, because even considering the fact that
elements made of aluminum are 3 times cheaper than those made of bronze, and the
hydraulic drive is about 2 times more expensive than the electric drive, the proposed
lubrication systemmade of bronze andwith hydraulic drive is several timesmore durable
and cheaper in operation compared to the central lubrication systems used so far. It should
be remembered that the cost of production alone does not affect the final price of the
device, because the cost of downtime and repairs is an important economic component.

During thework, further issues emerged that should be considered during subsequent
work aimed at improving the lubrication systems of mining machinery friction nodes.
The problems related to the flow and thixotropy of lubricants should be solved and the
design of the pin and bearing (operating node) should be adjusted in terms of optimizing
the lubricant supply to the node. A separate issue is the impact of individual types of
grease on the durability of pins and bushes in working nodes, and the impact of the
materials from which these elements were made.
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maszyn. Oficyna Wydawnicza Politechniki Wrocławskiej, Wrocław (2011)

2. Capanidis, D., Wieleba, W., Kowalewski, P.: Wpływ wybranych smarowych preparatów
eksploatacyjnych na właściwości tribologiczne materiałów polimerowych podczas tarcia ze
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Abstract. The article presents the results of investigations for reducing noise
emissions from a hydraulic power unit. The main sources of noise like electric
motor and bellhousing in the power unit were determined. As a measure for the
noise reduction the sound-insulating capsulation for the electricmotorwithmount-
ing bracket (bellhousing) was used. With that measure a significant reduction in
sound power from the power unit has been achieved.

Keywords: Hydraulic power units · Noise reduction

1 Introduction

Hydraulic power units are in many industrial applications the noise sources with highest
intensity. This noise is mainly caused by vibrations originating from positive displace-
ment pumps, which are transferred to elements mechanically or hydraulically connected
to the pumps. The process of noise generation in hydraulic power units is very complex
and to obtain noise reduction it is necessary to know themain sources of noise. Hydraulic
power units in some applications should have low noise emission. For this reason, this
paper presents a method of reducing their noise level by using a sound absorbing and
insulating capsulation for an electric motor, which, as stated in [1–6], is one of the main
sources of noise.

2 Noise Generation in Fluid Power Units

The reasons for the development of noise in hydraulic systems are presented in Fig. 1.
In case of positive displacement pumps, the vibrations are mainly caused by variable
forces occurring in the cross section processes. The flow, pressure pulsation [7–9] and
mechanical causes (impacts between pump elements) have also an influence on pump
noise generation. It should be noted that the noise accompanying the flow is particularly
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intense in places with a very small flow areas where the flow rate reaches very high
values above 10 m/s. The noise caused by cavitation occurs often in the cross-section
areas. In vane pumps the flow noise caused by cavitation may be decisive for certain
operational parameters. The electric motor vibrations are caused mainly by the pumps
but also due to the forces of electrodynamic and aerodynamic origin.

Fig. 1. Causes of noise in hydraulic power units (HPU) [6].

Hydraulic elements, such as valves and hydraulic pipe elements and hoses are excited
to vibrations due to pressure pulsation. The vibrations of these elements are excited by
a pump that is hydraulically and mechanically connected to them.

The vibrations of electric motors, valves, tank walls, and other elements are coupled
with vibrations of the pumps. The amount of sound power emitted to the environment by
the fluid power units (HPU) is often up to 10 dB (A) higher than the sound power level
emitted by the pumps. This fact indicates that displacement pumps cannot be treated as
the main noise sources in such HPU’s. Displacement pumps, due to their discontinuous
nature of operation, are among the most important sources of structure and fluid borne
noise, which will be transferred to the elements connected to the pumps mechanically
or hydraulically. The share of the noise of pumps themselves is usually smaller than the
share of elements ofHPUwith larger surface radiating sounds like electricmotors or tank
walls. The answer to the question whether internal pressure forces or pressure pulsation
is more important for the generation of noise depends on the design of the power unit and
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cannot be given without tests. The relationship between these basic causes of noise in
fluid power units is very complex. In general the pressure pulsation is more responsible
for the noise development in mobile applications.

It should be noted that themechanisms of noise generation inHPUwith the horizontal
motor-pump assembly installed on the tank significantly differ from the HPU with the
vertical located motor pump group [2, 6]. In case of horizontal HPU the main noise
source is usually an electric motor. For the motor noise - as confirmed by many tests
– the pump is responsible, because the fundamental frequency of the pump (resulting
from the rotational speed and number of displacement elements) and its harmonics, are
dominant in the spectral analysis of the motor.

Figure 2 presents, in an illustrative way, the noise and vibration transmission paths
in a power unit. The pump’s mechanical vibrations are transmitted to the electric motor
by path 1. On the one hand, by means of a rubber ring and a console (1a) and on the
other hand by means of a flexible coupling (1b).

Fig. 2. Noise generation in a hydraulic power unit with horizontally mounted electric motor [6].

The vibrations are transferred to the fan cover (path 2) and to the tank structure
(path 3) via the motor. Part of the vibration energy is transferred from the pump to the
tank through the lines connecting it to the valves (path 4). The vibrations in the form
of pressure pulsations (path 4) are also transmitted through the fluid. As a result of
vibrations of the pump body and the suction pipe, the sounds are excited in the oil tank,
which are conducted through the oil to the tank (path 6). The tanks are usually filled
with 80% oil and for this reason, airborne sounds are propagated inside them (path 7).
As a result, noise is emitted to the environment by an electric motor (path 3) and a tank
(path 7). It should be noted that some of the vibration energy coming from the pump is
transferred to the tank structure through fluid. The influence of the fluid inside the tank
on transmission of vibrations in liquid inclusive FSI – Fluid Structure Interactions is
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presented in paper [6]. The investigations show that the presence of liquid affects both
dampening of vibrations of the tank structure and its natural frequencies.

3 Investigated Power Unit

The power unit, Fig. 3, consists of a 15 kW electric motor, a axial-piston pump with a
swing-out discwith a geometric displacement of 28 cm3/rev, nominal pressure of 280 bar
and a tank with a capacity of 250 dm3 [12].

Fig. 3. CAD model of power unit.

Fig. 4. View of the power unit.
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The pump was equipped with a pressure, flow and constant power regulator, and the
pump load was obtained using an electrically controlled pressure relief valve.

The tank has been equipped with the drain filter, breathing and flood filter, optical
oil level indicator, two inspection covers and a drain valve. During the tests, HLP46
hydraulic oil was used. The pump set has been built on the top cover of the tank to have
easy access to the pump regulators - as usual in this type of power units. In Fig. 4 the
view of the investigated hydraulic power unit has been shown.

4 Measurement Methods

The measurements of the sound power emitted from the power supply were made in
a semi-anechoic acoustic chamber based on the PN ISO 3745 standard. During the
measurements, the results of the sound pressure measurement were averaged from 9
measurement points arranged as in Fig. 5.

Fig. 5. Arrangement of measuring point around the power unit.

The noise sources of power units can be also identified with an acoustic camera
and Beamforming Method. An acoustic camera (Fig. 6) uses an array of 112 micro-
phones coupled with a video camera, digital signal processing hardware and computing
algorithms. The microphone array pattern, number of microphones and the size of the
array define parameters such as resolution, frequency range and map’s dynamic [10].
The video camera is positioned in the center of the microphone array. Acoustic pressure
of each microphone was registered and computing algorithms like Beamforming and
Acoustic Holography were used [10, 11]. As the result of the measurement an acoustic
photo or video with color coded acoustic pressure distribution was created.
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Fig. 6. Acoustic camera CAE Systems (a) and directional sensitivity with the main focused
direction (b).

It can be seen that the highest amplitudes of sound pressure level occur at the pump
basic frequency and its harmonics. Sound distribution on the surface can be shown for the
selected frequency or frequency range. The value of sound pressure level is calculated
from the pressure level at the microphone array and the distance of the array from the
measured object, which should be measured prior to the measurement and implemented
into the data acquisition software [10, 11]. In this way, the noise from different sources
can be identified. In Fig. 7 and Fig. 8 the noise sources for different frequency ranges are
shown. The measurements with the acoustic camera were carried out in a semi anechoic
chamber.
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Fig. 7. The noise source on motor feet (a) and FFT analysis of sound pressure signal (b).

In Fig. 7 the noise source on the motor feet and frequency spectrum of the sound
pressure signal from a selected microphone has been shown.

In Fig. 8 the second noise source at the fan cover of the electric motor and the
frequency spectrum has been shown. The highest levels of the sound pressure occurs
for all measurement points at the basic frequency of the pump and its harmonics. That
indicates that the pump is responsible for the noise generation in the power unit.

In both cases the highest sound power levels have been observed. That is way the
capsulation of the electric motor has been proposed as a possible measure for the noise
reduction of the investigated power unit. Also in many other applications [7–16] the
electric motor was the one of main noise sources.
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Fig. 8. The noise source at fan cover (a) and FFT analysis of sound pressure signal (b).

5 Fluid Power Unit with Motor Capsulation

In order to reduce the level of noise emitted from the power supply, a sound absorbing
and insulating capsulation was made, which has the following features (Fig. 9):

– the capsulation includes main noise sources, namely the electric motor with the
– mounting bracket of the pump,
– the positive displacement pump is located outside the capsulation,
– there is a forced air flow inside the housing for motor cooling,
– the housing is demountable.

Other components of the power unit like pipe elements and hoses, valves, etc. remain
the same.
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Fig. 9. Investigated power unit with capsulation of the electric motor and the bellhousing.

6 Discussion of Results

The results of the sound power measurements are summarized in Table 1 and Fig. 10.
Table 1 shows that the sound pressure values at individual measuring points differ from
each other.

Table 1. Comparison of sound pressure and sound power levels with and without motor
capsulation

Pressure [MPa] Measurement point Without motor capsulation With motor capsulation

Sound pressure level
LAeq [dBA]

Sound power level
LWA [dBA]

Sound pressure level
LAeq [dBA]

Sound power level
LWA [dBA]

25.0 1 70.9 85.3 67.6 81.1

2 71.1 67.3

3 76.1 69.4

4 71.4 63.8

5 70.3 64.6

6 69.1 67.2

7 69.1 67.6

8 69.5 60.3

9 72.4 71.3

5.0 1 67.6 83.8 66.6 79.2

2 68.2 66.2

3 72.8 66.7

4 69.9 59.6

5 65.0 64.2

6 66.1 68.8

7 70.0 64.8

8 72.1 57.2

9 72.6 66.3
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Fig. 10. Sound power levels without and with capsulation of the electric motor.

A direct comparison shows that the reduction of sound power levels is 4.6 dB (A) at
5 MPa and 4.2 dB (A) at 25 MPa. It should be noted that a reduction of the sound power
level by 4.2 dB (A) means a reduction of the sound energy emitted to the environment
by factor 2.6. Thus, it can be concluded that the achieved noise reduction is significant
and the applied measure in the form of a soundproofing enclosure will fulfill its role.
In this solution, the axial piston pump is outside the housing and the heat is transferred
through it to the environment.

7 Conclusions

This article presents the results of investigations done to reduce the level of noise emitted
from a hydraulic power unit. Based on measurements using an acoustic camera, it was
established that the electric motor together with the mounting bracket for the pump is
one of the main sources of noise in the investigated power unit. It was established that
the vibrations and noise from the electric motor is generated by a positive displacement
pump. The pump itself generates less noise because it has a much smaller surface than
the motor. For this reason and because of the heat balance, the pump is located outside
the housing. A significant reduction in the sound power levels has been established and
the proposed solution can be used in applications in which reduced noise emission from
hydraulic power units is required.
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Abstract. This paper focuses on the noisiness of work machines in the work-
place. It assesses the effectiveness of contemporary solutions for lowering the
sound level of work machines. Active and passive methods of noise suppression
are distinguished. The importance of the two kinds of methods in the process
aimed at reducing the noise generated by contemporary equipment and making
the latter comply with the current regulations is highlighted. Original solutions
designed, made and tested in the Department of Hydraulic Drives and Automation
at Wrocław University of Science and Technology are presented.

Keywords: Noise · Passive methods · Active methods · Hydraulic drives

1 Introduction

The rapid advances made in work machine technology in the last century have brought
about great changes in many fields of economy and industry. But the rapid development
of technology brings not only positive effects. Vibroacoustic processes pose a very seri-
ous danger to living organisms. The European programme of environmental protection
indicates noise as one of the most arduous phenomena in urban areas and in the work
environment.

Due to their daily many-hour exposure to high-intensity sound, manual workers are
the group most affected by noise. Many work machines are characterized by high noise
emission (Fig. 1).

Hearing organ diseases are high on the list of occupational diseases in Poland [2].
Hearing deteriorates with age and hearing loss is usually irreversible. Data on worker
noise exposure indicate that it is necessary to monitor and assess the effect of noise-
generating phenomena on the environment and the human body. Then measures should
be taken to reduce the sound level of workmachines. Currently the control of the acoustic
environment covers such aspects as:

© The Editor(s) (if applicable) and The Author(s), under exclusive license
to Springer Nature Switzerland AG 2021
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Fig. 1. Sound levels of work machines [1].

• the protection of the environment and people against noise;
• the monitoring of sound sources, aimed at determining (through exploratory investi-
gations) the acoustic state of a facility;

• exploratory investigations enabling signal analyses and the classification of noise
emitting objects [3].

Hydraulically driven machinery is an example of work machines characterized by
high noise emission. Hydraulic systems offer several advantages, but have a serious
drawback – while operating they generate high sound levels, which is often the reason
why they are rejected in the case of machines which are to work close to people. Their
noisiness is mainly due to:

• hydraulic phenomena connected with the flow of the working medium in the system
(cavitation, forcing pressure pulsations, pressure surges, the effect of water in the
working medium [12]);

• mechanical phenomena, i.a., vibrations of structural components caused by, e.g., man-
ufacturing and assembly errors, excessive clearances and the unbalance of rotating
parts [4].

Figure 2 shows a simple hydraulic system with marked potential sources of sound
generation. It also highlights the fact that vibrations can be transmitted by the working
liquid or the material of the components contacting the system (lateral transmission).
This is a highly adverse phenomenon since, as a result of the vibrations transmitted to the
above-mentioned components as well as to the walls or the foundation, all the vibrating
bodies emit a certain level of sound.

Hence, the following three basic methods of reducing machine and equipment
noisiness are distinguished:

• operational methods – consisting in removing the causes of noise or reducing noise
emission through remedies applied to the noise source [4];

• passive methods – limiting the area of propagation of sound waves from the source
of their emission, through sound scattering and absorption [4];

• active methods – using a sound generating source to suppress primary source noise.
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Fig. 2. Schematic of hydraulic system with marked potential sound sources [5].

The noisiness requirements set for contemporary machines cannot be satisfied using
solely passive methods. The latter are complementary to the more effective active
methods [4].

2 Passive Methods

Passive methods are usually complementary to active methods. They consist in limiting
the area of propagation of acoustic waves through absorption and/or scattering [4].

Various passive methods are used in fluid power hydraulics to absorb or dissipate
the acoustic waves generated by the hydraulic power unit.

One of the simplest and most often used ways of limiting sound propagation consists
in immersing the hydraulic pump or the latter together with the driving motor in oil in
the tank, whereby the acoustic waves are dissipated and dampened by the liquid. Thanks
to this solution the vibrations transmitted to the walls of the tank have a considerably
lower amplitude, whereby the system is characterized by a much lower sound emission.

Amajor problem in hydraulic drives is the propagation of structure-borne sounds, i.e.
vibrations propagating in solid bodies being in contact with the system’s components.
In order to counteract this, dampeners made of vibration damping materials are used.
Special dampeners are placed, e.g., at the contact between the pump and the tank, in
places where the system’s components contact the surrounding bodies and under the
power units, to reduce the transmission of vibrations to the foundation.

The use of such passive methods can significantly affect the sound emission of the
whole hydraulic system. Figure 3 shows the effects of lowering the acoustic power level
of the hydraulic power unit through the use of several passive methods and by replacing
the pumpwith a less noisy one.When amounting block alone was used, the sound power
level decreased by about 6 dB(A). When, additionally, the pump was replaced with an
internal gear pump, characterized by a lower noise emission, which was immersed in
the tank and damping elements were employed, the sound power level was reduced by
further 16 dB(A).
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Fig. 3. Effects of using passive methods and replacing pump on acoustic power level of hydraulic
power unit [5].

In order to reduce pressure fluctuations and surges broadband pressure pulsation
dampeners are used in hydraulic systems. They are especially effective in the low-
frequency (infrasound) range and in the range of a few hundred Hz [6]. The basic
components of a broadband pressure pulsation dampener are a passive chamber damp-
ener (with an internal conduit) and an active dampener [6]. Figure 4 shows a broadband
pressure pulsation dampener installed in a tested system in the Department of Hydraulic
Drives and Automation at Wrocław University of Science and Technology. The aim
of the tests was to determine the effectiveness of pressure pulsation damping and sys-
tem noisiness reduction. The sound pressure levels for the system with and without the
broadband dampener are compared in Fig. 5.

Fig. 4. Broadband pressure pulsation dampener installed in tested system: 1 – hydropneumatic
accumulators, 2 – active dampener, 3 – chamber dampener, 4 – hydraulic pump [6].
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Fig. 5. Comparison of sound pressure levels versus forcing pressure at pump rotational speed of
1500 rpm for system with and without broadband pressure pulsation dampener [6].

The mentioned graphs show that the use of the broadband pressure pulsation damp-
ener results in a few-fold reduction in pressure pulsations and in a reduction in the
system’s sound power level by 4–11 dB.

Investigations [7], consisting in measuring the sound intensity of an undamp-
ened/dampened hydraulic power unit, show the need for the use of pressure pulsation
dampeners. As part of the investigations the distribution of sound intensity on the partic-
ular surfaces of the hydraulic power unit was determined using a dual-microphone sound
intensity probe. In this way the power unit’s noisiest components were identified. The
frequency and amplitude of the basic pressure pulsation harmonics were determined in
order to dimension a pressure pulsation dampener of the branched type and to measure
vibrations in the point where sound intensity was highest. A schematic of the tested
power unit with marked measuring points is shown in Fig. 6. The dominant frequency
in the pressure pulsation spectrum was the second harmonic resulting from displace-
ment pump kinematics, amounting to f2 = 340 Hz. Also the one-third octave spectra of
power unit sound intensity before and after installing the branched dampener (l = λ/8
= 920 mm) and stiffening the top cover of the tank indicate pressure pulsation to be the
main cause of the power unit’s noisiness. As a result of this upgrading, sound intensity
in the particular measuring points decreased by a few to 10–20 dB (Figs. 7, 8).
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Fig. 6. General view and hydraulic schematic of investigated power unit, with marked measuring
points [7]: 1-axial piston pump type PNZ-25, 2-electric motor, 3-screw system for pump delivery
change, 4-suction filter, 5-branched pressure pulsation dampener, 6-tank, 7-tank cover, 8-two-
way valve block with RBS valve, 9-pressure gauge, A-pressure pulsation transducer, B-vibration
transducer, C-sound intensity probe.

Fig. 7. One-third octave spectrum of sound intensity in point where sound intensity was highest
before upgrade [7].

Fig. 8. One-third octave spectrum of sound intensity in point where sound intensity was highest
after power unit upgrade [7].



258 W. Kollek et al.

3 Active Methods

The idea of active methods consists in altering the design of a given machine. This is
a very costly operation since it involves making many prototypes and their thorough
testing, but the reduction of noise at the source gives the best results [4].

In the case of hydraulic drives, active methods come down to alterations in the
design of the noisiest component, mainly the hydraulic pump. Sound emission values
for a multi-piston pump and a one-way throttling valve of type ZDJ are given in Fig. 9
which shows traces of sound pressure level versus forcing pressure. The difference in
sound level values for each of the forcing pressures amounts to about 20 dB [4].

Fig. 9. Comparison of sound pressure level versus forcing pressure generated by respectively
multi-piston pump and throttling valve [4].

This is a clear proof that pumps are the main source of the noise emitted by hydraulic
systems, while the contribution of the other system components to this emission is much
smaller. Among hydraulic pumps, multi-piston pumps and external gear pumps are
characterized by the highest sound emission. Output irregularity coefficient values for
different types of hydraulic pumps are compared in Fig. 10 [8]. This coefficient describes
fluctuations in pump output, which are one of the main causes of noise emission. There-
fore one can conclude that the simplest active method is to use a pump characterized by
the lowest sound emission. However, this is not usually possible due to the inadequate
performance of such pumps and their high price and operating costs.

Owing to its simple design, low price and very good performance themost frequently
used pump is the external gear pump [9]. For this reason the largest number of studies
and patents aimed at lowering the level of noise of hydraulic systems are devoted to
external gear pumps.
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Fig. 10. Comparison of output irregularity coefficients for different types of hydraulic pumps [8].

A trapped volume is widely relieved by grooves made in the housings of slide bear-
ings (Fig. 11). The purpose of the grooves is to connect the trapped volume with the
delivery chamber of the pump until the volume decreases [10]. This prevents a detri-
mental pressure rise in the trapped volume. The rise of the pressure by about 15 MPa
results in a sound pressure level rise of over 10 dB(A) [11].

Fig. 11. Relief grooves in slide bearing housing.

The axial piston pump is characterized by very good performance and its output
can be adjusted, but of all the hydraulic pumps it generates the highest sound levels.
In the design of such pumps the priority is to ensure a proper pressure distribution in
the working space. A pressure surge as the cylinder passes from the suction side to the
delivery side (this process is called a change-over), and vice versa, should be prevented.
This is done by rotating the change-over axis by an appropriate angle β2 relative to
the axis of the dead centre positions of the pistons, in the direction consistent with the
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direction of rotor rotations [4]. This solution is shown in Fig. 12. For comparison, Fig. 13
shows an incorrect pressure distribution.

Fig. 12. Correct pressure distribution in axial piston pump working space at change-over axis
rotated consistently with direction of rotor rotations [4].

The results of multi-piston pump noise reduction depending on the alterations made
are presented in Fig. 14. Curves 1, 2 and 3 represent the noise pressure level of respec-
tively: a mass-produced pump, a pump with a novel distributive disc and a pump with
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Fig. 13. Incorrect pressure distribution in axial piston pump working space at change-over axis
rotated in direction opposite to direction of rotor rotations [4].

further design alterations. Already in the partly modified pump (2) the level of emitted
acoustic pressure is lower by 7–13 dB, while in the experimental pump (3) it is lower
by as much as 18–20 dB [4].
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Fig. 14. Sound pressure level versus discharge pressure for three pump versions [4].

4 Conclusion

It appears from the analysis of the noise reduction methods that using only passive
methods one can reduce noise by maximally 10 dB(A), while using active methods,
i.e. intervening in the sound generation processes, one can obtain a more considerable
noise reduction, amounting to as much as 20 dB(A). The most effective solution is to
combine passive and active methods. An alteration of the design of a noisy machine, e.g.
a modification of the change-over process in a multi-piston pump, will result in a lower
sound level. If this is combined with passive methods (consisting in the dissipation and
absorption of sound waves), comprehensive noise reduction is achieved. From among
the passive methods used to lower the level of the sound generated by machines with
a hydraulic drive, the original design of a broadband active pressure pulsation dampener
presented in [6], deserves special attention. Using this dampener one can considerably
reduce the amplitudes of low-frequency noise (especially below 20 Hz). Moreover, the
recently developed investigative methods based on sound intensity measurements, such
as the sound intensity probing, acoustical holography and beam forming, are worthy of
note. The radiosity methods mentioned are particularly useful for determining the dom-
inant sound generating sources. The correct quantitative identification of noise sources
contributes to the high effectiveness of the active methods in reducing the noise emitted
to the environment and consequently, to an improvement in the acoustic environment.
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Further development directions should be directed towards systemic implementation
in industry of active and passive methods of reducing noise of machines and devices. If
minimum levels are reached due to physical, technological or economic constraints as a
supplement to active and passive methods, wider attempts should be made to implement
active methods involving the use of the phenomenon of destructive interference of waves
of a noise source and an additional emitter source (anti-noise).
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6. Kudźma, Z.: Damping of Pressure Pulsation and Noise in Hydraulic Systems in Transition

and Steady States (in Polish). WUS&T Publishing House, Wrocław (2012)
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10. Kollek, W., Maćkiewicz, K.: Theory and Calculation of Gear Pumps: Hulls and Preloaded
Systems (in Polish). The Ossolineum, Wrocław (1999)
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Abstract. The possibilities of ultrasonic cleaning of elastic surfaces as exem-
plified in fabrics are considered. The effect of ultrasonic cavitation processing of
fabric for its strength characteristics is analyzed. It has been experimentally proven
that cavitation processing of fabric leads to less mechanical destruction compared
to traditional drum-type washing. The effect of ultrasonic cavitation processing
on the brightness of dyed fabrics faded over time has been experimentally studied.
Attention is paid to the inactivation of microorganisms harmful to human health
in the ultrasonic cavitation field. Based on the conducted research, the design of
an ultrasonic emitter drive and technological equipment for the implementation
of technology of ultrasonic cavitation cleaning of elastic surfaces is proposed.

Keywords: Ultrasonic cavitation · Elastic surfaces · Ultrasonic emitter drives

1 Introduction

The technology of ultrasonic cavitation cleaning of hard surfaces is widely known in the
technology. In this case, the cleaning effect is achieved due to exposing solid contami-
nants and greasy film deposits to shock waves, high-energy cumulative jets and intense
microflows arising from vibrations and collapse of cavitation bubbles [1–3].

However, the technology of ultrasonic cavitation cleaning of elastic, for example,
fabric surfaces is no less well-known and important [4–6]. The need to develop and study
such a technology is causedby significant shortcomings of traditional drum-type cleaning
of fabrics, associated with mechanical damage of fabrics, the need to use chemical
detergents, the drain of which into natural reservoirs is unacceptable in accordance with
modern environmental standards, the inability to restore the brightness of fabric color
without chemically active substances, as well as poor ability to inactivate harmful and
dangerous for human health microorganisms when cleaning medical fabrics. Effective
disinfection of fabrics and washing solutions is achieved due to the fact that, in addition
to the already mentioned effects accompanying the collapse of cavitation bubbles, there
is a local increase of temperature up to 1000 °C and pressure up to 1000 MPa, as well as
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activation, in the cavitation area, of oxidative processes that contribute to the inactivation
of microorganisms.

The purpose of this article is to analyze the capabilities of the ultrasound technology
under consideration, as well as the problems that arise when designing the appropriate
technological equipment.

2 Main Part

First, it is necessary to conduct comparative tests of the degree of mechanical damage
to fabric threads in a cavitation medium and during drum-type washing by studying
the change in tensile strength depending on the number of washes. The experiments
were carried out on four types of fabric: cambric, calico, silk and chintz [4, 6]. “Ariel”
washing powder was used as a chemical detergent. The temperature during the tests
was maintained at 40 °C … 45 °C. The duration of each wash was 30 min. Identical
samples were cut from the selected types of fabrics, 100 mm long and 30 mm wide.
In accordance with the experimental design theory, the parameters of the experiment
necessary to achieve a maximum degree of disinfection of 99.399% and a maximum
rate of contamination removal of 99.473% [7], were chosen. Cavitation processing was
carried out in a bath with a low-amplitude ultrasonic emitter with 100 W power with
a resonant frequency of 38 kHz, the ultrasound intensity was 2.5 W/cm2. The samples
were completely dried after each wash using two technologies. After drying, part of the
samples was tested for strength, and another part was sent for further washing.

Strength tests were carried out in a certified laboratory using the TIRAtest-2151
universal testing machine. The samples were clamped according to the scheme shown
in (Fig. 1), using special grips to prevent damage of fibers.

1

2

3
Fig. 1. Scheme of testing of fabric samples for strength (1-test sample; 2-grips; 3-corrugated
plates preventing damage of the sample).

The speedofmovement of the active grip of a tension testingmachinewas 50mm/min
at a temperature of 22 °C and relative humidity of 86%.

The results obtained indicate (Fig. 2) that after 30 technological cycles of both
drum-type and ultrasonic cavitation washing, the strength of almost all types of fab-
rics considered has decreased by 11…33% of the initial values (Table 1). At the same
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time, the comparison of drum-type and cavitation washing shows that both processes
under consideration reduce the strength of the fabric. An exception is cambric, which
shows high resistance to cavitation. Its strength after 30 cycles of cavitation washing has
decreased by only 2.5%. At the same time, after 30 cycles of drum-type washing, the
strength of the cambric has decreased by 32%.
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Fig. 2. The relation of the tensile strength of fabric samples and the number of processing cycles
(Cleaning in a drum-typemachine: 1 - calico; 3 - cambric; 5 - silk; 7 - chintz. Cleaning by ultrasonic
cavitation technology: 2 - calico; 4 - cambric; 6 - silk; 8 - chintz).

Table 1. Change in fabric strength after 30 wash cycles.

Fabric Drum-type
washing

Ultrasonic washing

Cotton −14% −11%

Batiste −32% −2.5%

Chintz −33% −27%

Calico −13% −13%

Chintz was selected to assess the quality of processing. Blood and sunflower oil were
used as pollutants. Threemethods of cleaningwere investigated: a traditionalmechanical
drum-type and two cavitation ones using differentmodes of ultrasonic cavitation, namely
the regime with an ultrasonic wave with an intensity of up to 10 W/cm2 created by a
low-amplitude resonant drive-emitter, and the regime with an ultrasonic wave with an
intensity of more than 10 W/cm2 created by high-amplitude resonant drive emitter.
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In the case of low-amplitude cavitation in a liquid, small cavitational vapor-gas
bubbles are formed in the rarefaction phase, which are almost not observed with an
unaided eye. Havingmade one or several vibrations and accumulated energy, the bubbles
in the compression phase collapse. Moreover, if the bubble is removed from neighboring
bubbles or from solid surfaces, then its shape is close to spherical and its collapse
occurs with the formation of spherical shock waves. Otherwise, the shape of the bubble
is distorted and due to the radial imbalance of forces, the bubble collapses with the
formation of a high-energy cumulative jet directed towards the nearest surface. Shock
waves and cumulative jets destroy hardened impurities, tear off impurities from fibers,
overcoming the adhesion and cohesion. Fluctuations of bubbles and diverging shock
waves cause microflows in the washing technological solution. Microflows contribute to
the mixing of the washing solution at the molecular level. A large number of collapsing
bubbles provide high erosion activity to the resulting cavitation medium, activate the
liquid due to the formation of free radicals when the bubbles collapse, and lead to
intensification of chemical processes in the liquid. At the same time, the action of the
chemical components of the washing solution is significantly activated, which reduces
the time of the technological process of cleaning and reduces the amount of consumed
detergents.

In case of high-amplitude cavitation, in which the intensity of ultrasonic vibrations
exceeds 10 W/cm2, cavitation bubbles formed in the rarefaction phase due to the large
amplitude values of sound pressure do not have time to slam in the compression phase,
but they continue to fluctuate in time with the ultrasonic wave, gradually increasing in
size to those observedwith an unaided eye. Fluctuations of such bubbles lead to the occur-
rence of intense microflows in the volume of the technological washing solution. The
washing solution transfers to a shaking dynamic state. In this case, a fixed, contaminated
with fat, fabric surface begins to be intensively cleaned due to dissolving and washing
off contaminants with intense microflows of the washing solution. Unlike traditional
drum-type mechanical cleaning, the fabric, remaining motionless, is not mechanically
deformed and not damaged. It should be noted that with the increase in the intensity
of ultrasonic vibrations introduced into the liquid, the introduction efficiency decreases
due to the formation of a two-phase cavitation layer on the radiating surface that absorbs
and scatters ultrasonic energy.

During testing, the increased ultrasound intensity was achieved through the use of
a stepwise ultrasonic speed transformer. At that, the amplitude of fluctuations of the
radiating surface of the drive was 25 µm, the intensity of the ultrasonic wave introduced
into the liquid reached 18…25 W/cm2.

Studies have shown that the highest quality of cleaning hardened contaminants is
achieved by cavitation cleaning with ultrasound of low and medium intensity, and fat
ones – by cavitation cleaning with ultrasound of high intensity.

Increasing the productivity of the technological process of ultrasonic cavitation
cleaning of fabrics requires increasing the power consumed by ultrasonic emitter drives.
In this case, the maintenance of the required fluctuation intensity is achieved by creating
a developed radiation surface.

An analysis of the results of an experimental study of the effect of ultrasonic cavita-
tion impact on the color saturation of samples of cotton fabric was carried out optically.
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The analysis method consisted in photofixation of samples with subsequent digital pro-
cessing of the obtained images in RGB palette with the selection of each color and the
determination of its content in the color gamut.

The color saturation of the processed samples was determined as a percentage of
the color saturation of the original sample. The total color saturation was derived by
averaging the color saturation indices of individual samples.

Experimental sampleswere cut fromchintz that hadnaturally aged.Thedata obtained
indicate that the cavitation effect on the fabric allows to partially restore its color. The
effect manifests itself from the first seconds of processing and increases with increasing
processing time. In the experiments, a more intense increase in the color saturation of
the fabric was observed in the first third of the processing time. With a further increase
in processing time, the restoration of color continues, however, the intensity of the effect
is relatively low (Fig. 3).
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Fig. 3. The results of an experimental study of the effect of ultrasonic cavitation on the color
saturation of the fabric.

The restoration of colourity may be due to both cavitation cleaning of the fabric
from solid and fatty contaminants, and cavitation erosion of the upper pigment layer
of the fabric dye. From physical standpoint, the mechanism of cleaning the fabric from
contaminants can be explained by the specifics of the perception by the fibers of the fabric
of the energy-force impact caused by cavitation.Due to its elasticity and permeability, the
fabric partially dampens the stresses arising on its surface. The high degree of wettability
of the fabric due to the sound-capillary effect in the ultrasonic field provides a weakening
of the adhesion strength. Cohesion forces in hardened contaminants and bonds holding
foreign particulates in interfiber spaces and fiber defects, as well as contaminants sorbed
and retained in the surface layer of the fabric, and macromolecular substances and
compounds are much more susceptible to intense shock waves and cumulative jets that
occur during the collapse of cavitation bubbles. However, coloring principles under the
action of cavitation erosion, are destroyed gradually, revealing brighter, not discolored



Technology of Ultrasonic Cavitation Cleaning of Elastic Surfaces 269

layers, which, in combination with these phenomena, leads to a partial restoration of the
color saturation of the fabric.

Theperformed studies show that for the effective implementationof the technologyof
ultrasonic cavitation cleaning of the fabric, the ultrasonic emitter drives with a developed
radiation surface that most fully satisfy the requirements of the process are needed. A
methodology for calculating such drive emitters has been developed and tested [8–12].
Their design represents a multi-disc resonant speaker system (Fig. 4).

Fig. 4. Ultrasonic resonant cavitator with a developed radiation surface.

Figure 5 shows a possible implementation of technological equipment for ultrasonic
cavitation fabric cleaning technology [13, 14].

Fig. 5. An example of the implementation of technological equipment for ultrasonic cavitation
technology for cleaning elastic surfaces.
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3 Conclusion

The expediency of applying the effects accompanying the phenomenon of ultrasonic
cavitation for the cleaning of solid and greasy film contaminations of fabric surfaces is
experimentally confirmed.

It is shown that cavitation processing of fabric leads to a decrease in its strength.
However, this decrease in strength is significantly less than with traditional drum-type
cleaning. Cavitation cleaning allows to process drawn thread works made from delicate
fabrics. The restoration of the color parameters of faded fabrics is confirmed.The effect of
inactivation of harmful and dangerous microorganisms for human health is an important
advantage of ultrasonic cavitation fabric cleaning technology.

The achievement of high cleaning efficiency due to the introduction of medium and
high intensity ultrasonic vibrations into the liquid is experimentally confirmed. For this
purpose, it is proposed to use multi-disc acoustic systems with a developed radiation
surface, which allow simultaneously introducing vibrations of different intensity levels
into the technological cavitation chamber. A methodology for calculating such emitter
drives is proposed.
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Abstract. The article is devoted to the study of the possibilities of ultrasonic cav-
itation inactivation of microorganisms. The possibilities of constructing mobile
processing equipment for implementing the technology of ultrasonic cavitation
inactivation of harmful and dangerous microorganisms for human health are con-
sidered. Two possible ways of increasing the intensity of ultrasonic exposure to
biological objects were presented due to the concentration of ultrasonic energy
and cavitation treatment in a thin layer on the radiation surface. The results of
microbiological analysis as well as recommendations to increase the efficiency of
cavitation inactivation of microorganisms had given.

Keywords: Ultrasonic cavitation · Inactivation of microorganisms · The
intensity of ultrasonic vibrations ·Mobile cavitation equipment

1 Introduction

In industrial processes using liquid environment, it is often necessary to decontaminate
working fluids, i.e. to inactivate harmful for human health microorganisms.

Known methods of disinfection of liquid environment can be divided into four main
groups, which differ by mechanism of microorganisms’ inactivation [1, 2]:

– chemical methods associated with the use of strong oxidants reagents. Chlorine,
chlorine dioxide, sodium hypochlorite, ozone, iodine, bromine, hydrogen peroxide,
manganese-acid potassium are used as oxidizing agents [3, 4];

– thermal methods realized via liquids’ boiling or freezing [5, 6];
– water saturation methods using ions of noble and non-ferrous metals with bactericidal
effect - silver, copper, etc. [7, 8];
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– physical methods, i.e. ultraviolet radiation, ultrasound, radiation [9, 10].

Each of these methods is characterized by mechanism of inactivation of microor-
ganisms, has its advantages and disadvantages.

In many respects, ultrasonic cavitation method of inactivation is preferred, relating
to non-reagent inactivation methods [11–14]. The mechanism of its operation is:

– the damaging effect of the cumulative jet stream formed by the collapse of the
cavitation bubble in the immediate vicinity of the microorganism;

– local increase of temperature and pressure in case of cavitation bubble collapse
resulting in thermal and mechanical destruction of microorganisms;

– a drop in pressure over the microorganism’s length in a standing ultrasonic wave,
resulting in a breakdown of the structure of the microorganism;

– intensification of chemical oxidation processes in the cavitation environment, leading
to acceleration of the process of inactivation of microorganisms by the formation of
chemically active free radicals.

Fig. 1. Effect of formation of shielding cavitation layer on the emitting surface of ultrasonic
transducer when ultrasound intensity increases from 18 W/cm2 (a) to 28 W/cm2 (b).
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Thismethod can be applied at any degree of liquid transparency. It is environmentally
safe and is least capable of adversely affecting the human body, as it does not require
the use of chemical agents.

The purpose of the proposed article is to analyse problems encountered in the cre-
ation of ultrasonic cavitation equipment for disinfecting liquid media and to test its
effectiveness.

An important point in the implementation of the technology of ultrasonic cavitation
inactivation of microorganisms is the intensity of ultrasonic oscillations, which are intro-
duced into liquid. Low intensity (less than 2 W/cm2) stimulates intensive reproduction
and development of microorganisms [11, 12]. In order to achieve high efficiency of the
process of inactivation of microorganisms by the method of ultrasonic cavitation treat-
ment it is necessary to provide the level of intensity of ultrasound above 20–30 W/cm2.
At the same time, the width of the spectrum destroyed in the liquid of microorganisms
depends significantly on the intensity of the ultrasonic oscillations. Therefore, the devel-
opers of ultrasound cavitation technological equipment for disinfecting fluids aim to
ensure the maximum intensity of ultrasonic fluctuations. The problem is that ultrasonic
fluctuations with low intensity only (Fig. 1a) can be introduced into the liquid with high
efficiency [15]. When the intensity of ultrasonic oscillations increases on the radiating
surface of the ultrasonic converter, a two-phase cavitation layer is formed (Fig. 1b),
which absorbs and dissipates ultrasonic energy, resulting in the efficiency of the intro-
duction of ultrasonic oscillations into the liquid decreases. When creating stationary
industrial flow cavitation plants, this problem is solving due to using of the focusing
features of the radiating surface [16–18]. The use of a tubular radiating surface, which is
activated on the radial mode of the vibration, allows introducing the low-intensity ultra-
sound fluctuations effectively into the liquid and then focusing them on the longitudinal
axis of the vibrator (Fig. 2). As a result, the intensity of about 120 W/cm2 can be reach
and a wide range of microorganisms can be inactivate.

2 Ultrasonic Cavitation Equipment

During the designing of the mobile and home ultrasound cavitation equipment, it is very
difficult to use the considered tubular cavitator, triggered on the radial mode of fluctua-
tions, due to mass-size characteristics. In this case, liquid quarter wave transformers of
oscillating pressure (Fig. 2) are often used to increase sound pressure [19, 20].

In Fig. 3 was presented a scheme of construction of a step-type hydraulic transformer
of vibrational pressure using a semi-wave ultrasonic piezoelectric transducer consisting
of sequentially composed and reinforced radiating lining 5, piezoceramic elements 7
and damping lining 6. The diameter of the radiating surface 9 and the diameter of the
larger transformer stage are selected significantly less than half the wavelength. This
ensures the piston nature of the vibrations of the transmitter surface and a flat acoustic
wave in the inner volume of the cavitation chamber. The ultrasonic transducer is fixed at
the nodal point of deformation wave 11, which is set along its length. Due to tightness
of the ultrasonic transducer mounting in the pressure transformer housing there is a
closed air cavity 8, which does not allow the treated liquid to wet the nodal point of the
transducer and reduce the efficiency of ultrasonic energy input into the liquid through
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Fig. 2. Ultrasonic flow cavitator with tubular radiating surface and distribution of sound pressure
over its cross-section in case of excitation of radial mode of vibration.

the radiating surface. The enlarged area of the radiating surface 9 makes it possible to
adjust the load on the piezoelectric transducer and to inject ultrasonic vibrations into the
liquid with sufficiently low intensity. This is prevent the formation of cavitation layer
9 on the radiating surface and ensures that ultrasonic vibrations are dispersing into the
liquid bulk with maximum efficiency. Since the chambers 1 and 2 of the oscillating
pressure transformer have a length divisible by an odd number of quarters of the length
of the standing ultrasonic wave in the liquid at the resonant frequency of the piezoelectric
transducer, and the stage transition of a larger diameter of the pressure transformer to a
smaller diameter stage is organized in the plane of the nodal point of the pressure wave
12, then along the length of the transformer oscillatory pressure is installed standing
deformation wave, and in the nodal planes standing deformation wave in the stage of
small diameter level of sound pressure increases in proportion to the ratio of areas
of the transformer stages. As a result, in a step of a smaller transformer diameter the
level of ultrasound intensity sufficient for inactivation of a wide range of dangerous
microorganisms for human health will be provided.

In Fig. 4 were shown the scheme of ultrasonic mobile cavitation equipment, which
provides cavitation treatment of liquid in thin layer. Ultrasonicwavewith high ultrasound
intensity is specially demonstrated on the scheme. For this aim using the oscillating
speed transformer 3 high amplitude of oscillations of radiating disk 4 at the output end
of transformer 3 is provided. Figure 1b shows, that in this case, most of the ultrasonic
energy will be absorbed in the cavitation layer with developed cavitation formed on the
radiating surface. It is in this layer the most intensive treatment of the liquid with the aim
of inactivation of microorganisms will occur. Therefore, the scheme under consideration
provides for the organization of narrow gaps 5 and 6 between the radiating disk surface
and housing 1, through which all the treated liquid was proceed. In addition, the casing
made of non-magnetic material has an output channel of resonant length, in which a
standing deformation wave 8 is set, at the nodal points of which there are intensive
cavitation zones, providing additional cavitation treatment of the liquid. The output
channel of the body 1 is covered with powerful permanent magnets 7, which ensure the
structuring of fluid after destructive intensive cavitation treatment and due to alternating
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Fig. 3. Scheme and appearance of mobile ultrasonic cavitation equipment with oscillating pres-
sure transformer. (1 - stage of large diameter of pressure transformer; 2 - stage of small diameter
of pressure transformer; 3 - inlet connection; 4 - outlet connection; 5 - radiating lining of piezo-
electric converter; 6 - damping lining; 7 - piezo-ceramic elements; 8 - air chamber; 9 - radiating
surface; 10 - reflecting surface; 11 - deformation wave in piezoelectric converter; 12 - pressure
wave in liquid). (Intensity of ultrasonic field 60 W/cm2; capacity - 2 l/min; power consumption -
40 W).
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Fig. 4. Scheme and appearance of mobile ultrasonic cavitation equipment with thin layer pro-
cessing. (1 - case made of non-magnetic material with input and output connectors and resonant
output channel; 2 - reflective end of output channel; 3 - piezoelectric ultrasonic radiator with
transformer of vibrational speed; 4 - radiating disk of transformer of vibrational speed; 5 and 6 -
slot gaps for a flow of processed liquid; 7 - block of permanent magnets; 8 - standing deformation
wave in the output channel. (Intensity of ultrasonic field 60… 80 W/cm2; productivity - 2 l/min;
power consumption - 40 W).

magnetic field ensure the removal of heavy metal ions from the liquid, which also
adversely affect the human body. Structuredwater already has healing properties because
it has increased permeability through the cell membranes.

3 Microbiological Studies

Microbiological studies were carried out to evaluate the efficiency of water treatment in
thin layer in ultrasonic cavitation equipment presented in Fig. 4.

Microorganisms of different species with different structure of the cell walls were
selected for the research: gram-negativeEscherichia coli, Pseudomonas aeruginosa (non-
pathogenic), sulfate-reducing corrosive-relevant bacteria Desulfovibrio sp., Desulfovib-
rio desulfuricans, Desulfovibrio vulgaris; gram-positive - Bacillus subtilis, Staphylo-
coccus aureus; microscopic fungi Saccharomyces cerevisae. Studies with microorgan-
ism’s cultures were carried out in the laboratories of the D.K. Zabolotny Institute of
Microbiology and Virology NAS of Ukraine.

Sterile tap water with introduction of bacteria in initial titers 106-108 cells/ml was
used as a working liquid. The volume of working liquid was 200 ml. After each cycle of
liquid spilling through the ultrasonic cavitator 1 ml of sample was taken for analysis and
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the cavitator waswashedwith sterile tapwater in the volume of 200–400ml. The number
of bacteria was determined by serial dilution method on the appropriate nutrient media:
nutrient broth NB (Himmedia, India), YEPD medium, Postgate “B” liquid medium [21,
22]. The determination was carried out as follows: a fixed volume (1 ml) of the test
liquid was putted into tubes with the sterile liquid medium and the series of dilutions
in liquid media were performed in triplicate. The inoculation was carried out with each
dilution, and each dilution to achieve repeatability was sown in 3–5 tubes. The tubes
with dilutions were incubated in a thermostat at 28 °C and 37 °C (for E.coli) for 3 to 15
days depending on the microbial growth rate. After incubation, the presence or absence
of growth was observed using different indicators: the presence or absence of turbidity,
sediment, gas or accumulation of certain metabolic products in the medium. The results
were statistically processed; the most likely number of microorganisms per ml of water
was calculated using a special McCradey table [23].

4 Results

The results of the tap water treatment are summarized in Table 1.

Table 1. The efficiency of ultrasonic cavitation treatment of the tap water with microbial cultures.

No. Bacteria culture Ultrasonic cavitator 40 W, frequency 22 kHz,
Treatment length

1 cycle 10 cycles Approximation
data.
Efficiency
99.99999%

Initial
number
of m/o,
cells/ml

Residual
number
of m/o,
cells/ml

Efficiency,
%

Residual
number
of m/o,
cells/ml

Efficiency,
%

Cycle*

1 Escherichia coli 1.0*108 9.5*107 5.0 1.0*106 99.0 38–40

2 Staphylococcus
aureus

1.5*108 9.5*107 36.6 1.5*106 99.0 40–42

3 Saccharomyces
cerevisae

1.0*108 9.5*107 5.0 9.5*105 99.05 35–40

4 Pseudomonas
aeruginosa

1.0*108 9.5*107 5.0 9.5*106 90.5 55–60

5 Bacillus subtilis 1.5*107 1.5*107 0.0 9.5*107 0.0 -**

6 Desulfovibrio
desulfuricans

9.5*108 8.5*108 10.5 4.5*106 99.0 30–36

6 Desulfovibrio
vulgaris

9.5*107 3.0*106 96.8 1.0*106 98.9 -**

8 Desulfovibrio sp. 1.0*108 4.5*107 55.0 1.0*106 99.0 60–70

* Number of cycles required to achieve 99.99999% processing efficiency. (According to drinking
water quality indicators), m/o – microorganism.
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The last column in Fig. 5 is calculated as prediction based on approximation of the
received experimental data for various types of microorganisms after 10 cycles water

Fig. 5. Data approximation derived from ultrasonic cavitation treatment of water with microor-
ganisms. (a - Staphylococcus aureus; b - Escherichia coli; c - Saccharomyces cerevisae, d -
Desulfovibrio desulfuricans).
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treatmentwith cavitation. There is shown results for data approximation for the following
microorganisms S. aureus; E. coli; S. cerevisae, D. desulfuricans (Fig. 5 a, b, c, d).

5 Conclusions

The problems that arise during the introducing the ultrasonic vibrations with increased
intensity into a liquid were elucidated. Two methods of increasing the intensity of ultra-
sonic vibrations to sufficient level for inactivation of the microorganisms in water are
considered.

The results of microbiological studies confirm the operability of ultrasonic cavitation
equipment. However, they shown that for achieving the almost complete inactivation of
microorganisms it is necessary to provide number of cycles manually or automatically
due to micro pump a treated liquid for a set of the required number of treatment cycles.
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Abstract. High-intensity ultrasonic vibrations allow to intensify many physical
and chemical processes in liquids. In particular, high-intensity ultrasonic vibra-
tions allow efficiently removing the dissolved gases from a liquid. The ultrasonic
equipment consists of ultrasonic generator, surfaces for introducing the ultrasonic
vibrations into the liquid, cavitation chamber filled with liquid, in which ultrasonic
cavitation occurs in the process fluid under the action of intense ultrasound. As
higher the intensity of ultrasound, as higher the intensity of the physical processes
accompanying ultrasonic cavitation. The intensity of ultrasound is proportional to
the value of sound pressure. As a result, an increase in the sound pressure value
intensifies the processes occurring in the process fluid.

This work is devoted to issues related to equipment efficiency improving for
introducing the high-intensity ultrasonic vibrations into a liquid. The cavitation
layer which shields ultrasonic vibrations is formed on the surface of the emitter
with the introduction of high-intensity ultrasound.

The cavitation layer consists of a large number of cavitation bubbles. As a
result, a liquid can be considered as a liquid with decreased density. This leads to
reduction of the liquid wave resistance.

This significantly reduces the value of sound pressure. The use of a liquid
pressure transformer makes it possible to increase the sound pressure at the same
magnitude of the oscillation amplitude.

The liquid pressure transformer is a cavitation chamber with a variable cross-
sectional area. The length of such transformer should be a multiple of half the
length of the sound wave in the liquid. A liquid pressure transformer can be
considered as a resonant system.

The paper presents calculations of liquid pressure transformers, modeling
of their work and examples of their practical implementation in equipment for
biological contaminants removing and degassing.

Keywords: Cavitation chamber · Pressure transformer · Ultrasonic equipment ·
Liquid processing
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1 Introduction

The introduction of high frequency ultrasound into a liquid [1] is accompanied by ultra-
sonic cavitation [2]. The collapse of cavitation bubbles causes a local increase in tem-
perature and pressure, the occurrence of microcurrents, shock cumulative jets, etc. This
allows the use of high-intensity ultrasonic vibrations accompanied by ultrasonic cavita-
tion to intensify biochemical processes [3], degassing process fluids [4], sound chemistry
[5], ultrasonic cleaning [6], synthesis of nanomaterials [7], etc. We note that the phys-
ical processes accompanying ultrasonic cavitation are similar to those accompanying
hydrodynamic cavitation [8]. The main difference lies only in the size of cavitation
bubbles.

The cavitation intensity is related to the sound pressure in the fluid and ultrasound
intensity. As higher the sound pressure, as higher the cavitation intensity. It is necessary
to increase the oscillations amplitude of the ultrasonic transducerworking end to increase
the sound pressure. In this case, the maximum pressure will be at the working surface
of the transducer. This causes the appearance of a cavitation layer with a small acoustic
wave impedance compared to the liquid in the pre-cavitation mode [9]. This causes the
appearance of a cavitation layer with a small acoustic wave impedance compared to the
liquid in the pre-cavitation mode.

This phenomenon prevents the acoustic energy passing into the liquid and signifi-
cantly reduces the efficiency of the equipment. Liquid treatment often occurs in a closed
volume filled with a process fluid, which is called a cavitation chamber. The resonance
can be achieved if the chamber dimensions are commensurate with the wavelength of
ultrasonic vibrations. In this case, the pressure distribution in the internal volume of the
chamberwill not be uniform.You can choose the chamber dimensionswith less inlet than
outlet pressure. In fact, the cavitation chamber will behave like a pressure transformer.
In particular, you can find a mode with the less pressure at the transducer working end
than the pressure in the internal volume of liquid. This will reduce the influence of the
shielding cavitation layer.

The case of a one-dimensional cavitation chamber is of great interest. In this case
the transverse dimensions are much smaller than the longitudinal ones. Wherein the
front of the acoustic wave can be considered flat. Such chambers, and hence pressure
transformers, can be regarded as one-dimensional.

The aim of this research is to develop a mathematical model of a one-dimensional
liquid pressure transformer in order to increase the efficiency of ultrasonic technological
equipment.

2 The Modeling Approach

We assume that acoustic vibrations propagate along the axis Oz since a one-dimensional
problem is considering. It is convenient to use the velocity potential �̃ to simulate the
acoustic field in the internal volume of the cavitation chamber [10]. The velocity potential
is related to the amplitude of sound pressure P:

P = ρ0
∂�̃

∂t
+ const,
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where ρ0 is fluid density, t is a time.
Note, that the velocity potential amplitude and the sound pressure amplitude are

directly proportional.
For one-dimensional case, the acoustic field in the internal volume of the cavitation

chamber can be described using the wave equation for the velocity potential [10]:

∂2�̃

∂z2
= 1

c2
∂2�̃

∂t2
, (1)

where c is sound velocity in a liquid.
The boundary conditions finding the acoustic field in the internal volume of the

cavitator are consider.Wewill take that one of two idealized cases takes place – absolutely
soft walls or absolutely rigid walls. In the case of closed cavitation chamber, we can
assume that it has absolutely rigid walls.

In the case of absolutely rigid wall, the amplitude of the oscillating speed of the
particles is equal to zero, and therefore the derivative of the velocity potential with
respect to the coordinate is equal to zero

∂�̃

∂z
= 0, (2)

The solution to Eq. (1)will be sought by themethod of separation of Fourier variables
in the form:

�̃ = �z(z) · �t(t); �z = (A · sin(k · z) + B · cos(k · z)); �t = sin(ω · t).
where A, B are constants, k is wavenumber, ω is circular frequency.

Omitting the multiplier harmonic vibrations �t = sin(ω · t), we get:
�(z) = A · sin(k · z) + B · cos(k · z). (3)

We will search for integration constants based on the boundary conditions (2).
Closed cavitation chamber with length l is considered (Fig. 1).

Fig. 1. One-dimensional cavitation chamber.

The boundary conditions (2) on the chamber walls take the following form:

∂�(z)

∂z
= 0; ∃z = 0, ∃z = l. (4)

We obtain next expressions substituting the boundary conditions in (3):
{
A · k · cos(k · 0) − B · k · sin(k · 0) = 0;
A · k · cos(k · l) − B · k · sin(k · l) = 0.
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Solving the system of equations, we get the following:

A = 0;

l = π · n
k

, n = 0, 1, 2 . . .

Taking into account that k = 2·π
λ
, where λ is wavelength in a liquid, it can be

assumed:

l = λ

2
· n, n = 0, 1, 2 . . .

The cavitation chamber resonance length must be multiple of an integer number of
half-waves.

Solution (3) will take the form

�(z) = B · cos(k · z).
It can be seen from obtained solution that the one-dimensional cavitation chamber

behaves like a segment of a long line. So it is possible to propose the construction of one-
dimensional cavitation chamber, where it is possible significantly to affect the velocity
potential due to a change in the camera’s cross section along the axis z, in comparison
with one-dimensional cavitation chambers with constant cross section. Stepped pressure
transformers, consisted of two pipe sections of different diameters, are of particular
interest from a technological point of view.

3 The Model and Problem Solution

The cavitation chamber in the form of a stepped pressure transformer (Fig. 2), consisted
of two cylindrical chambers with constant cross-section with areas S1 and S2 and closed
by absolutely rigid covers is considered.

Fig. 2. Cavitation chamber in the form of stepped pressure transformer.

If the total length of the system is equal l, the cylindrical chambers connect at a point
with the coordinate m · l (0 ≤ m ≤ 1).

Onemore boundary condition at the junction of two cylindrical chambers of different
sections is added to already known boundary conditions (4).
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The pressure values (velocity potentials) and volume velocities must be equal (the
product of the derivative with respect to the coordinate of the velocity potential and the
cylinder cross-sectional area) at the junction:

�(z + ε) = �(z − ε), (5)

S1
∂�(z − ε)

∂z
= S2

∂�(z − ε)

∂z
. (6)

Next notation is introduced for convenience:

N = S1
S2

.

The wave equation for the pressure transformer components has the same form as for
constant section camera. The solution to the equation will be determined in the following
form

{
�(z) = A · sin(k · z) + B · cos(k · z), 0 ≤ z ≤ m · l;
�(z) = C · sin(k · z) + D · cos(k · z), m · l ≤ z ≤ l,

(7)

where A,B,C,D are integration constants, found from boundary conditions.
Find the derivatives for the oscillations amplitude by the coordinate have the next

form: {
∂�(z)

∂z = A · k · cos(k · z) − B · k · sin(k · z), 0 ≤ z ≤ m · l;
∂�(z)

∂z = C · k · cos(k · z) − D · k · sin(k · z), m · l ≤ x ≤ l.
(8)

The boundary conditions substituting (4) into the first Eq. (8) leads to the system:
{

∂�(z)
∂z = A · k · cos(k · z) − B · k · sin(k · z), 0 ≤ z ≤ m · l;

∂�(z)
∂z = C · k · cos(k · z) − D · k · sin(k · z), m · l ≤ x ≤ l.

Weobtain the following expressions by solving the systemwith respect to integration
constants.

A = 0, B = �0.

The system is obtained by substituting the boundary conditions (4) into the second
Eq. (8):

{
�l = C · sin(k · l) + D · cos(k · l),

0 = C · k · cos(k · l) − D · k · sin(k · l).
Solving the system with respect to integration constants, we obtain:

C = �l · sin(k · l); D = �l · cos(k · l).
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As a result, we obtain the expressions for the distribution of velocity potential
amplitude along the axis:{

�(z) = �0 · cos(k · z), 0 ≤ z ≤ m · l;
�(z) = �l · sin(k · l) · sin(k · z) + �l · cos(k · l) · cos(k · z), m · l ≤ z ≤ l.

(9)

As a result of substituting (5) and (6) in (9) and (8), we obtain a system of two
equations:{

�0 · cos(k · m · l) = �l · sin(k · l) · sin(k · m · l) + �l · cos(k · l) · cos(k · m · l),
−�0 · S1 · sin(k · m · l) = S2 · (�l · sin(k · l) · cos(k · m · l) − �l · cos(k · l) · sin(k · m · l)).
Dividing the second equation by the first:

−S1
S2

· tg(k · m · l) = tg((1 − m) · k · l).
After substitution we get the following equation:

N = − tg((1 − m) · k · l)
tg(k · m · l) (10)

The length of pressure transformer can be obtained based on the obtained expression,
setting the ratio of the areas N and the asymmetry coefficient m.

As we can see, in general case l and m depend on the ratio N of the transformer
components areas.

However, one can find those l and m, for which the next condition is satisfied

tg(k · m · l) = tg((1 − m) · k · l) = 0.

It is satisfied at m = 0, 5 and k · l = π . Such system consists of two pipe sections;
length of each is equal to an odd number of λ/4 (quarter of the wavelength). It should
be noted that the total pressure transformer length will be multiple of integer number of
λ/2(half of the wavelength).

In general, the pressure change factor is equal to:

M = −N
sin(k · m · l)

sin((1 − m) · k · l) (11)

So in case of symmetrical pressure transformer:

M = N .

And slightly different expression for the gain coefficient can be received:

M = cos(k · m · l)
cos((1 − m) · k · l) .

4 The Modeling

An analysis of the transcendental equation solution (10) (Table 1) and substitution of
the obtained values in (11) (Table 2) for the pressure change factor shows that the
maximum pressure increase is observed at m = 0, 5. It corresponds to a symmetric
pressure transformer from two quarter-wave segments.



288 A. Movchanyuk et al.

Table 1. The ratio l
λ for stepped pressure transformer.

N

m 2 2.5 3 3.5 4 4.5 5 5.5 6

0.1 0.4606 0.4454 0.4324 0.4213 0.4117 0.4032 0.3958 0.3891 0.3832

0.2 0.4463 0.4296 0.4167 0.4063 0.3979 0.3908 0.3849 0.3798 0.3753

0.3 0.4512 0.4376 0.4275 0.4197 0.4135 0.4084 0.4041 0.4005 0.3975

0.4 0.4703 0.4622 0.4563 0.4517 0.4481 0.4452 0.4427 0.4407 0.4389

0.5 0.5 0.5 0.5 0.5 0.5 0.5 0.5 0.5 0.5

0.6 0.5332 0.5436 0.5518 0.5584 0.5638 0.5684 0.5724 0.5758 0.5788

0.7 0.5532 0.5698 0.5828 0.5934 0.6022 0.6097 0.6161 0.6217 0.6266

0.8 0.5474 0.5599 0.5690 0.5758 0.5812 0.5855 0.5890 0.5920 0.5945

Table 2. The gain coefficient M
N · 100% of pressure transformer

N

m 2 2.5 3 3.5 4 4.5 5 5.5 6

0.1 55.774 47.337 41.849 38.013 35.190 33.030 31.328 29.953 28.821

0.2 67.9818 61.800 57.735 54.861 52.723 51.072 49.758 48.688 47.800

0.3 82.075 78.304 75.748 73.899 72.500 71.404 70.521 69.796 69.189

0.4 94.455 93.116 92.169 91.464 90.917 90.481 90.125 89.829 89.579

0.5 100 100 100 100 100 100 100 100 100

0.6 92.970 90.658 88.807 87.287 86.013 84.929 83.994 83.178 82.460

0.7 75.341 67.532 61.369 56.359 52.191 48.660 45.624 42.981 40.655

0.8 59.862 49.674 42.403 36.964 32.748 29.387 26.647 24.371 22.451

Decrease in geometric length is observed with a slight decrease in efficiency at value
of asymmetry coefficientm < 0, 5. General increase in lengthwith decrease in efficiency
is observed at m > 0, 5. Therefore, from a practical point of view, the case m ≤ 0, 5 is
most important.

The ratio of the liquid volume in the pressure transformer at m ≤ 0, 5 to the liquid
volume at m = 0, 5 is considered.

Vm

V0,5
= (N − 1) · m + 1

0, 25 · N + 0, 25
·
(
lm
λ

)
· 100%.

An analysis of this expression (Fig. 3a) and normalized one with respect to the
maximum pressure increase coefficient at m = 0, 5 (Fig. 3b), calculated according to
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(11), shows that the introduction of asymmetry can be an effective mean of reducing the
processed fluid volume.

Fig. 3. Normalized: a - volume of pressure transformer; b - pressure increase coefficient.

The distribution of the velocity potential, and hence the sound pressure along the
axis of the pressure transformer is considered (Fig. 4).

Fig. 4. The distribution of pressure potential at: a) m = 0.3 N = 3.5, b) m = 0.5 N = 3.5, c) m =
0.7 N = 3.5.

As we can see, for m < 0, 5 the node of the velocity potential is located “inside” a
small stage of the transformer, and for m > 0, 5 it is “inside” a large stage.

To verify the results, FEM simulation of the pressure distribution in the internal
volume of a symmetrical transformer with component diameters of 20 mm and 40mm is
carried out. The lengths of the components are taken equal to a quarter of the wavelength
at a frequency of 22 kHz. In the simulation it is assumed that the transformer internal
volume is filledwithwater. The simulation results (Fig. 5) show that the obtained pressure
distribution is close to the calculated from (11) values. However, at the junction of
components with different diameters, the wave front deviates from the plane one.
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Fig. 5. Pressure distribution in a symmetrical pressure transformer (inlet pressure 1 Pa).

Small-diameter stage is supplemented with a half-wave extension tube (Fig. 6) to
increase the volume of the processed fluid. The simulation results show that the high-
pressure area in the thin part of the transformer has increased significantly.

Fig. 6. Pressure transformer with increased volume (inlet pressure 1 Pa).

5 The Practical Implementation

Several types of ultrasonic cavitation chamber construction are developed based on the
theoretical studies. Piezoelectric transducers with resonant frequency equal to 22 kHz
[11] are used to excite ultrasound. This resonant frequency is calculated on the basis of
the chamber sizes (in the form of a pressure transformer) (Fig. 7).

As a result, ultrasonic equipment for processing liquids with high-power ultrasound
is developed (Fig. 8). The main difference is in supplying the treated fluid to the internal
volumeof the cavitation chamber. Thedeveloped equipmentwas used forwater treatment
in order to inactivate bacteria and degassing.
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Fig. 7. Prototypes of ultrasonic cavitation chambers with piezoelectric transducers.

Fig. 8. High power ultrasonic liquid processing equipment.

6 Conclusions

Cavitation chambers in the formof pressure transformers canbe the basis for creatingnew
ultrasonic technological equipment for the intensification of processes occurring under
the influence of ultrasonic cavitation. The pressure increasing is achieved by changing
the cross-sectional area of the cavitation chamber. The dimensions of the chamber must
be a multiple of acoustic quarter wave in the liquid. This increasing pressure method
reduces the cavitation layer size on the working surface of the ultrasonic transducer.
This, in turn, increases the ultrasonic energy introduced into the fluid.

Cavitation chambers as pressure transformers can perform either as symmetrical
or asymmetrical ones. A symmetrical transformer consisting of two quarter-wave seg-
ments will have the highest coefficient of pressure increasing. The coefficient of pressure
increasing will be equal to the ratio of the cross-sectional areas of the constituent parts.
The transverse size of the cavitation chamber must be such that the propagation condi-
tions of the plane acoustic wave are maintained. The efficiency of the cavitation chamber
in the form of a pressure transformer may be reduced due to distortion of the acoustic
wave front.
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Abstract. The flow in the throttle channel of the hydrodynamic cavitator was
visualized. Previous studies have shown that luminous radiation - luminescence
can be observed in the area at the output of the throttle under certain conditions
of cavitation. This phenomenon is not acceptable in some hydraulic systems, so
it is necessary to study the patterns and conditions of its occurrence. As today
there is no solid theory of its origin, this study aims to study the effect of material
fromwhich the elements of the throttle are made on the intensity of luminescence.
A model of a hydrodynamic cavitator and a series of screws of heterogeneous
materials, which are at opposite parts of the triboelectric series, were developed.
The model’s hydraulic tests showed that the material the throttle elements are
made of has some influence on the radiation intensity.

Keywords: Flow visualization · Hydrodynamic cavitation · Luminescence ·
Hydraulic orifice

1 Introduction

Hydrodynamic cavitation is a complex process that occurs due to a local decrease in
the fluid pressure to a certain critical value pcr (in a real fluid, the pcr value is close to
the saturation vapor pressure of this liquid at a certain temperature), which can occur
in case the fluid velocity increases [1]. As modern hydraulic equipment operates at the
high pressure of the working fluid, and the working bodies have a high speed, conditions
for the appearance of cavitation in hydraulic systems appear. Such conditions can occur
in pumps [2, 3], valves, throttles [4, 5] and other equipment [6–8], and when the bodies
are flowing at high velocity [9]. Since small bubbles of vapor or gas are always present
in the real fluid, when they move with the flow, they fall into the pressure zone p <

pcr and they lose their stability and increase in size. After the transition to the zone of
high pressure and the exhaustion of the kinetic energy of the liquid under expansion
conditions, the growth of the bubble stops and decreases. If the bubble contains enough
gas, after reaching the minimum radius it restores its size and performs several cycles of
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damping oscillations, and if there is little gas, the bubble will completely shut down in
the first period. So, a rather clearly defined “cavitation zone”, filledwithmoving bubbles,
is created near the streamlined body (for example, in a tube with local constriction).

The reduction of the cavitation bubble occurs at high speed and is accompanied by
an acoustic impulse (a kind of hydraulic shock), which is stronger when the bubble
contains less gas.

The occurrence of cavitation in the equipment may cause noise, vibration and flow
ripples. Also, when the hydraulic equipment is made of a transparent material, it can be
observed that cavitation is accompanied by luminescence – non-thermal spontaneous
light emission by the excited substance. It should be noted that hydrodynamic lumi-
nescence is sometimes used as an indicator of advanced cavitation; this phenomenon
requires consideration and careful study [7–11].

In this study, the processes observed in the throttle channel, which cross-section size
is formed by the hole and the edge of the screw, were considered (Fig. 1).

2 Design of the Experimental Orifice and the Visualization
Research Stand

For the studyof cavitationprocesses amodel of a hydrodynamic cavitatorwith a regulated
orifice was created. Case of the device is made from polymethyl methacrylate (organic
glass) and screws are made from series of different materials to reveal the influence of
this factor. The element that controls the cross-section is the screw. The scheme of the
tested orifice (Fig. 1) shows the path of the flow – from right to left. The orifice area
could be changed by rotating the screw before the experiment and it was the same for
all tests. The region where the luminescence occurs is shown by the red circle (L).

A special stand, which can be used to observe cavitation, and luminescence in the
model of hydraulic orifice and at certain conditions were designed for the tests of the
hydrodynamic cavitation and luminescence in the flow.

For experimental studies of the hydrodynamic cavitation and luminescence in the
flow an experimental booth was developed (Fig. 2).

Fig. 1. Determination of the studied area of the cavitator orifice.
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Fig. 2. Circuit diagram of the experimental stand for the study of hydrodynamic cavitation.

The scheme of a stand, based on FESTOworkstation, contains a hydraulic power unit
that provides flow Q1 and allows setting the pressure p1 at the entrance to the cavitator
(HDC). The pressure is controlled by manometers M1 and M2 and pressure transducer.

Using the transducer provides the possibility of recording pressure changes during
the operation of the cavitator (at the output) is provided with the help of an analogue
pressure transducer (PT). The flow rate was measured by an analogue flow sensor – a
turbine flowmeter (F1). To determine the temperature of working fluid a temperature
sensor DS18B20 (T1) was used. It was installed at the outlet of the cavitator. All sensors
were connected to the signal processing board with the Atmega328 microcontroller
(MCU), which was programmed to import data to Excel from the board using PLX-
DAQ and save every 1 s on a computer (PC). All devices are connected to the power
supply unit (PS).

The appearance of the experimental stand and cavitator with a tested orifice is shown
in Fig. 3a and b.

Fig. 3. a - Appearance of the experimental stand 1 - pressure sensor, 2 - PC, 3 - hydrodynamic
cavitator, 4 - manometer, 5 - safety valve, 6 - flowmeter, 7 - temperature sensor, 8 - camera; b -
detailed view of the cavitator.
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Before the experiment, the temperature and pressure sensors were calibrated with
a reference thermocouple and a pressure gauge, and the digital flowmeter was calibrated
with a reference volume flow meter. The pressure at the inlet of the cavitator was settled
with a safety valve, and its value was controlled with a pressure gauge. The pressure
sensor, mounted on the output of the cavitator, records possible pulsations of pressure in
the system when cavitation occurs. This study did not take into account pressure, flow
and temperature changes over time. Measurements and observations were made during
the short-term operation of the system. HLP oil was used as working fluid.

For visual research, a digital video camera with a shooting frequency of
120 … 1000 fps was used.

The experiments were carried out at the pressure at the inlet of the cavitator being
p1 = 5 MPa, and the fluid flow rate Q = 1 l/min. The temperature of the working fluid
is 30°C. The average velocity in the throttle channel is up to 70 m/s.

3 Visualization Research of the Flow Processes in the Cavitator

There are thermal and electrical theories to explain the occurrence of luminescence in
the stream [5–11]. The purpose of the study was to consider the emerging luminescence
when cavitator elements are made from different materials and to investigate the effect
of different parameters on its intensity. There are known so-called triboelectric series,
according to which different materials can acquire positive or negative potential during
an interaction [12].

Several screws were made from different materials (Fig. 4) which are placed in
several parts of the triboelectric row (Table 1). Hydraulic oils have a value of +29
nC/J according to the triboelectric series [13]. These screws were successively inserted
into the cavitator, which was tested on the experimental stand. The rising intensity of
cavitation and luminescence was observed.

Fig. 4. Screws used in the study. The number corresponds to the material in Table 1.

It should be noted that the luminescence was observed only when the fluid flowed
in a certain direction when the cavitator was connected back, luminescence was not
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Table 1. Tested screws and their triboelectric values for selected materials.

Material, and position on the Fig. 4 Triboelectric series value, nC/J Picture

Duralumin (1) +6 Fig. 6 a, b

Copper (4) – Fig. 6 c, d

Brass 0 Fig. 6 e, f

Teflon (2) −190 Fig. 7 a, b

Polymethyl methacrylate (3) +10 Fig. 7 c, d

Composite epoxy material (6) −32 Fig. 7 e, f

Ebonite (5) −13 Fig. 7 g, h

detected (Fig. 5). The white area in the figures is bubble cavitation. Here, the hydraulic
line is filled with microscopic bubbles, which are formed because of the local pressure
drop across the throttling element. In Fig. 5a there is a cavitation torch observed.

Fig. 5. Examples of flow in direct and reverse direction: a – direction from right to left – observed
luminescence; b – the direction from right to left – no luminescence.

4 Discussion of the Findings

According to the results of the study, several images were acquired and conclusions can
be drawn about the effect of the screw material on the intensity of the luminescence
appearing downstream the screw in the throttling channel.

The volume of gases in bubbles depends on cavitation coefficient. Critical parameters
of the flow depend on pressures value and velocity that indicate the start of stream
cavitation can be carried out [1]:

χ = 2(p1 − p2)

ρ · V 2
1

,

where p1, V1 - pressure and velocity of flow, e.g. at the valve inlet, p2- vapor pressure;
ρ- fluid density.
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Figures 6 and 7 show pairs of images for different screw materials. In the drawings
in one row, the screws are made from the same material, the drawings differ only in the
intensity of the external illumination. The images are illuminated to detect the cavern,
and to observe the luminescence radiationmore clearlywithout illumination. The images
of the caverns are almost identical in appearance to all the materials of the screw, while
the differences in the luminescence patterns are noticeable.

Fig. 6. Results of experiments with screws made from conductive materials a, b - Duralumin; c,
d - Copper; e, f - Brass.

Thus, observations show that the least intense luminescence was observed when
using a screw made from Teflon, which has a value of −190 nC/J in the triboelectric
series,while othermaterials are of an order of smallermagnitude (Table 1). Theoretically,
during rubbing of a pair of materials from the triboelectric series the material closer to
the positive end of the row will charge positively and the other negatively. Thus, it can
be assumed that the luminescence intensity will increase as the positive potential on the
screw increases.
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Fig. 7. Results of experiments with screws made from non-conductive materials a, b – Teflon; c,
d – Polymethyl methacrylate; e, f – Composite epoxy material; g, h – Ebonite.

5 Conclusion

A research stand and a model of a hydrodynamic cavitator with several screws of hetero-
geneous materials (Duralumin, Copper, Brass, Teflon, Polymethylmethacrylate, Com-
posite epoxy material, and Ebonite) have been developed according to the triboelectric
series to research appearance of luminescence when different materials of the hydraulic
orifice are used.

The experiments were conducted at the following conditions: pressure difference on
the cavitator �p = 5 MPa, fluid flow rate Q = 1 l/min, the temperature of the working
fluid (HLP oil was used) is 30 °C. The average velocity in the throttle channel is up to
70 m/s.

Studies have made it possible to investigate cavitation in the throttling element and
downstream the orifice. Observations have shown that luminescence is observed under
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certain conditions. Its intensity is determined by many factors, one of which is the
material of the throttle element. The study showed a correlation between the lumines-
cence intensity and the location of the material in the triboelectric series, i.e., when
non-conductive materials with large negative value at the triboelectric series were used,
the intensity of luminescence at the orifice was low. Thus, it is necessary to rationalize
the choice of materials during the design of hydraulic systems and devices.

The authors express their gratitude tomaster students TomashevskiyA., SidletskiyV.
and Kryvosheiev V. for the help in carrying out experimental and theoretical researches
and processing of obtained results.
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Abstract. As a result of development works, which were carried out byWrocław
University of Science and Technology and by HYDROMAR company and which
focused on a new design of hydraulic cylinders characterized by, among others,
an increased degree of reliability, it was possible to develop and test a prototype
of the new solution. During the implementation of the project, a new hydraulic
cylinder testing stand was designed, which allows the identification of dynamic
phenomena occurring in the hydraulic power system. Tests of the new solution
were carried out in the area of both dynamic and thermal phenomena associated
with the exchange of liquid in the cylinder chambers. In terms of dynamics, the
research allowed identifying the responses of the cylinder system with supply
lines and flow control valves to a variable, external dynamic excitations. The
tests also allowed determining the response of the hydraulic cylinders with supply
lines and control valves to rapid overloading. The dynamic load was simulated by
switching the control valves in a cut-off position during themovement of aworking
system armwith specificmass parameters. Comparative tests of dynamic response
systems were carried out using a classic cylinder and a new design of a hydraulic
power supply system. The article presents the results of tests and of the preliminary
analysis of the impact that the type of hydraulic power supply system has on the
dynamic response of the system. It should be emphasized that the presented results
are part of a broad research and implementation project carried out in cooperation
between the research and scientific unit and the industrial partner.

Keywords: Dynamic response · Hydraulic cylinder · Boom working system

1 Introduction

Dynamic phenomena occurring in hydraulic systems have been studied in a number
of scientific papers, referring to both entire systems and individual elements [1–3].
The dynamic parameters of hydraulic cylinders are one of the basic factors influencing
the behavior of working systems during their operation. In practice, determining the
dynamic response of cylinder-driven systems is not common. Some research results are
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known in the literature, which describe the dynamic parameters of hydraulic supply
lines mainly in order to identify pulsation phenomena occurring in liquid ducts [4, 5].
Experimental research is also performed into new designs of hydraulic cylinders with
increased efficiency [6, 7]. Meanwhile, users of hydrostatically driven machines report
a number of operating problems which increase the costs or affect the work safety
[8, 9]. The results of research involving new concepts for hydraulic cylinder control
systems are also described in the literature [10–12]. The basis for current research and
development works was to identify these problems, and one of the results is a design
of a hydraulic cylinder with a new power supply system. The new design has, among
other advantages, an improved ability to exchange thermal energy with the system and
to remove impurities from the cylinder chambers [13]. It also offers increased operating
safety and allows any desired operating configuration without the need to extend the
system. One of the important features is the modification of the cylinder’s dynamic
parameters. These parameters have a significant influence on piston strokes and on the
resulting accuracy with which the driven elements are positioned in space. This is of
particular importance in the case of machines with boom systems, e.g. drilling rigs or
cranes.

2 Theoretical Analysis of the Problem

A hydraulic cylinder which drives mass elements such as members of a working system
may be analyzed as a second order dynamic system with damping (Fig. 1). Its basic
parameters include:

• loading mass (m) – this parameter depends on the mass and the geometry of the
drivenworking system, and in actual applications it is a function ofmomentary system
geometry,

• stiffness of the elastic element (k) – in the case of hydraulic cylinder, this parameter
depends on the parameters of the liquid and on the elastic parameters displayed by
the elements of the cylinder and by the hydraulic lines connected to the cylinder,

• system damping parameter (c) – describes the ability of the system to dissipate
mechanical energy.

Fig. 1. Physical analogy of a hydraulic cylinder and a second order dynamic system.
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In the case of hydraulic cylinders, dynamic analyzes are based on the measurement
of pressure changes in time. In the analyzed case, an assumption was made that pressure
changes in the piston chamber of a cylinder loaded with external body force and with
inertia forces have a vibration frequency equal to the frequency of natural vibrations in
the system.

x(t) = A · sin(ωt + ϕ) <=> p(t) = Ah · sin(ωt + ϕ) (1)

where:

x(t) – displacement of the mass system [m],
A – vibration amplitude of the mass system [m],
p(t) – hydraulic system pressure [Pa],
Ah – pressure vibration amplitude [Pa],
ω – angular frequency of vibrations [rad/s],
ϕ – initial phase [rad].

The hydraulic cylinder, however, should not be considered as a undamped system,
because it contains energy dissipation. The theoretical dynamic response of a damped
system is shown in Fig. 2.

( ) = ∙ −ℎ

( ) = − ∙ −ℎ

( ) = ∙ −ℎ ∙ ( + )

Fig. 2. Theoretical graph of displacement in a damped system.

Analogically, a linear relationshipmaybe assumedbetween the amplitude of cylinder
displacement and the pressure value. This assumption is valid in the case when the
analysis concerns a hydraulic system with a specific liquid volume subject to pressure
changes and if constant parameters are assumed of liquid compressibility and of system
elasticity due to the deformations of cylinder walls and of the hydraulic lines connected
to the cylinder.

A

Ah
= const. (2)
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The above equations indicate the reasonability behind performing dynamic analyzes
of hydraulic cylinders on the basis of pressure values for a constant liquid volume on
which the pressure acts. This condition is met if the cylinder is loaded with a mass and
given a speed, and if subsequently the control valves are rapidly switched to the closed
position. In such case, the kinetic energy of the moving mass will start to act on the
hydraulic cylinder and thus on the liquid having constant volume and on the system
having constant elastic parameters. The observed pressure changes were assumed suit-
able for description with a mathematical relationship which describes damped harmonic
oscillations.

p(t) = Ah · e−ht · (ωt + ϕ) (3)

where:

h – damping measure [1/s],

The system stiffness parameter calculated hydraulically (kh) can be described with
the following relationship:

kh = mh · ω2 = mh ·
(
2π

Th

)2

(4)

The system damping measure (h), on the other hand, allows defining the attenuation
parameter.

2h = ch
m

=> ch = 2h · m (5)

where:

mh – loading mass on the system calculated hydraulically [kg],
Th – periodic time of pressure changes [s],
ch – system damping parameter calculated hydraulically [N ·m

m ]

The use of the numerical decrement (δ) in relationship to the vibration period of the
system and to the damping measure is given by:

δ = ln
Ahn

Ahn+1
(6)

δ = 2h
π

ω
(7)

where:

Ah n – vibration amplitude in the nth period [Pa],
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After transformations, a relationship is obtained which defines the hydraulically
calculated system damping parameter (ch) referring directly to variables which are
measurable and characterize the system response.

ch = mh · ω · δ
π

(8)

3 Parameters of the Compared Cylinders and the Research
Objective

Comparative tests of the dynamic response of cylinders were performed for two config-
uration cases of power supply systems for a single test cylinder. The first was a classic
configuration, while the second was a new design proposed by the authors, in which the
control valves have been located in blocks mounted directly on the cylinder (Fig. 2). The
basic parameters of the tested cylinder are provided in Table 1.

1

2

3

4 4

2
1

3
3 

3
3

I II

Fig. 3. Schematic of the classic (I) and the new (II) hydraulic power supply system: 1 – hydraulic
cylinder, 2 – pressure transducer, 3 – control valves, 4 – hydraulic power supply unit.

Table 1. Parameters of the cylinder.

Cylinder parameter Value [mm]

Piston diameter, D 80

Piston rod diameter, d 50

Piston stroke, s 495

Supply line length, l 4930
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The new architecture of the power supply system limits the influence of hydraulic
power supply lines on the compliance of the cylinder when it is stopped. In the analyzed
case, the aim of the tests was to identify the dynamic parameters of the new cylinder
and compare them to the parameters measured during th tests of the cylinder with the
classic power supply system.

4 Test Procedure

The tests were performed on a test stand designed and built in order to conduct a broad
spectrum of examinations on hydraulic cylinders (Fig. 4). Details of the test stand config-
uration are described in a separate publication. In the case of this research, an electronic
control systemwas used,which allows automatic configuration of control valves depend-
ing on piston stroke. The system was configured so that the position approximate to the
horizontal weighting arm corresponded to the piston rod extension by 20% of the stroke
and served as the initial position. During the tests, the weighting arm was first lifted with
the use of the tested cylinder to a height corresponding to 80% of the piston rod extension
and then dropped and rapidly stopped in the initial position. During the stopping action,
the measurement system recorded pressure changes with a frequency of 1 kHz. The tests
were performed for two mass loads on the system. In the first case, an additional mass
of 500 kg was placed at the end of the boom system, and the second test cycle was
performed after the weight was dismounted. The temperature of hydraulic oil during the
tests was between 45 °C and 55 °C.

a

b

b 

c

d

e

Fig. 4. The test stand and the hydraulic cylinder with the new power supply system. a – tested
cylinder, b – valve and measurement block, c – loading arm, d – hydraulic power unit, e –
measurement and control system.
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5 Results Analysis

As suggested by the previously described theoretical models, the relationship between
the hydraulically calculated stiffness parameters and the system damping parameters
was assumed as the basis for the comparison of the results. Index “I” was assigned to
the classic power supply solution, while index “II” was assigned to the system with
the proposed architecture (Figs. 3 and 4). In addition, as the tests were performed in
a repeatable manner and the system was always automatically stopped in the same
position, the loading mass on the cylinder was assumed to be identical (mh I = mh II ).
The transformations resulted in the following relationships:

khII
khI

=
(
ThI
ThII

)2

(9)

chII
chI

= ωII · δII
ωI · δI (10)

Figures 5 and 6 show histories of pressure changes during the tests of cylinders with
a 500 kg load and with no load on the boom system. In order to enable comparison of
results, the time axis on the charts has been shifted in such a way that the value of t =
0 always corresponds to the moment of control valves switch. Negative time values are
plotted on the charts to present the values measured before the valves switch.

0.0

5.0

10.0

15.0

20.0

25.0

-0.5 0.5 1.5 2.5 3.5

pr
es

su
re

 [M
Pa

]

time [s]

new solution classic solution

Fig. 5. The course of pressure during stopping the cylinder with additional load.
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Fig. 6. The course of pressure during stopping the cylinder without additional load.

Table 2. Test results.

Extra load Solution Th [s] Ah1 [MPa] Ah2 [MPa] δ [-] khII
khI

[-] chII
chI

[-]

Yes New 0.2025 19.24 17.63 87:103 1.15 0.51

Classic 0.2175 16.44 13.70 183:103

No New 0.0600 1.85 1.62 134:103 1.56 0.39

Classic 0.0750 5.60 3.63 432:103

The obtained characteristic values of pressure changes are provided in Table 2.
Noteworthy is the fact that the time history of pressures recorded in the loaded system
is similar to the theoretical response of the dynamic system. However, in the case of
zero load on the system, the time history of pressure signal is similar to the theoretical
history only in a certain range. Additionally, in this case the maximum values of the
recorded pressure are higher than those for the classic solution. The value of pressure
in the classic solution lowers considerably with time, after the system is stabilized.
These phenomena are probably due to the dynamic influence of the slide valve and
the compliant hydraulic power supply line, and will be the topic of future publications.
The comparison of stiffnesses in hydraulically calculated systems indicates that with
the new power supply, the stiffness of the system increases by approx. 15.4% in the
case of the loaded system and by approx. 56.3% in the case of the system not loaded
with additional mass. An analogical relationship between the hydraulically calculated
system damping parameters indicate that the parameter in the new solution is reduced by
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48.9% in the case of the loaded system and by 61.3% in the case of the zero load system.
Maximum momentary pressure values recorded for the loaded system were 16.4 MPa
in the case of the classic power supply system and 19.2 MPa in the case of the new
design. Analogically, for the system with no load the values are 5.6 MPa in the case of
the classic power supply system and 2.3 MPa in the case of the new design.

6 Summary

The above test results for a cylinder with two different power supply configurations
and for two cases of external loads demonstrate beyond doubt the need for further
research into the issue. The identified changes of stiffness and of the damping parameter
for a cylinder system loaded with external body force are the basis for designing new
hydraulic power supply solutions with improved stiffness parameters and thus, with
improved accuracy of movements. The described method for identifying changes in
stiffness and dynamic damping of a hydraulic system, based on a relatively simple
measurement of pressure changes, can be used in industrial applications. The identified
disturbed histories of pressure changes in relation to themodel of a second order dynamic
system with damping, observed especially in the case of classic cylinders with slide
valves, are the basis for the currently conducted research into the influence of individual
system elements on the character of cylinder movements. The author believes that the
mathematical model presented in this article has been positively verified and can be used
as a basis for further research.
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Abstract. The paper indicates some sources of external forces acting onmicrohy-
draulic valves. Mechanical vibrations characterized by a wide frequency spectrum
were considered as an example of these excitations,with high-frequency vibrations
being the most dangerous in microhydraulic components. The impact of external
mechanical vibrations on the microhydraulic relief valve results in falling into
the vibrations of the valve control element and causes changes in the amplitude-
frequency spectrum of pressure pulsation of the system in which the valve works.
The resulting pressure pulsation causes further propagation of mechanical vibra-
tions, among others through vibratingmicrohydraulic pipes. The paper attempts to
use the interval classification of induction trees to determine the impact of selected
valve design and operating parameters on valve sensitivity to external mechanical
vibrations. In the generation of inductive decision trees, a series of tests are carried
out in a specific order. The criterion for choosing the attribute used to expand the
tree is entropy as a measure of information. For hierarchically ordered classes
of measuring intervals in the whole frequency range, induction trees defining the
range of the most important measuring points were generated. Then, in order to
acquire knowledge from data, it is possible to select the most important individual
points and rules determining the relationships between construction parameters.
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1 Introduction

In microhydraulic systems, a relationship between mechanical vibration and pressure
pulsation can be found, and this phenomenon is called coincidence, which can be con-
sidered in two ways. On the one hand, the vibrations of the elements of the microhy-
draulic system result from the pulsating flow of liquids (e.g. vibrations of microhoses,
microvalves), and on the other hand, the pressure pulsation is caused by the vibrations
of the elements of the microhydraulic system resulting mainly from the excitation of
microvalve control elements (e.g. directional control microvalve spool) [1]. The vary-
ing pressure of the working medium in the microhydraulic system is a result of the
pump output pulsation [2] caused by the kinematics of the displacement elements of
the micropump. Ongoing work is continuing to improve the design of pumps to reduce
their pulsation of efficiency and noise. An example of innovative testing of pumps is
shown in lit. [3]. The nature of the generated pulsation of efficiency takes the shape of a
harmonic function. The frequency of pressure pulsations corresponds to the frequency of
pulsations of efficiency [4]. Undoubtedly, its effect is the induction of mechanical vibra-
tions, among others microhydraulic hoses. Below is the consequence of the occurrence
of pressure pulsations in the form of excitation of pipe vibrations, based on literature
measurements [5], in Fig. 1.

Fig. 1. Amplitude-frequency spectrum external mechanical vibration and pressure fluctuaction,
frequency external mechanical vibration f = 600 Hz, pśr = 5 MPa, Q = 1,33 × 10−5 m3/s (0,
8 dm3/min).

2 Measuring Ring

For testing the impact of external mechanical vibrations on the hydraulic microvalve, a
measuring stand was built, which is shown in Fig. 2.

A gear pump with internal gearing was chosen for the construction of the rig due to
its advantages, i.e. generation of relatively high pressures, resistance to contamination
and affordability. For measuring the average pressure in the microhydraulic system, an
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Fig. 2. Diagram of the hydraulic system for testing the impact of external mechanical vibrations
on hydraulic microvalves: 1 - oil filter, 2 - gear pump WPH PZ3A1G, 3 - ParkerServiceJunior
SCJN-400-01 pressure gauge, 4 - tested microvalve, 5 - Parker KSCVF-002-10 flow meter -
07X, 6 - Elmetron PT-217 thermometer, 7 - oil tank, 8 - control cabinet, 9 - three-phase electric
motor, 10 - flexible coupling, 11- electrodynamic mechanical oscillator TiraVib, 12 - oil cooler
with controller, 13- Piezotronics 340A16 piezoelectric acceleration sensor PCB, 14-Piezotronics
105C23 piezoelectric pressure sensor PCB.

analog pressure gauge was used on the pressure line located behind the pump pressure
port. Subsequently, a piezoelectric pressure sensor was installed behind the pressure
gauge to measure pressure pulsations in front of the pressure relief microvalve under
test. TiraVib placed on the electrodynamic exciter of mechanical vibrations, allowing to
generate vibrations with a given amplitude and frequency. Additionally, the Piezotronics
340A16 PCB acceleration sensor was placed on the housing of the microvalve. Badger
Meter BM-OG flow meter was installed next to the tested valve. A cooler is located
behind the flow meter, which together with the controller is part of the temperature
stabilization system. During tests, Azolla 22 AF oil was used in the hydraulic system
(ρ = 865 kg/m3, ν(at 40 °C) = 22.5 mm2/s).

The valves design is based on the classic configuration of the valve with a sharp-
edged seat [6] and a closing element based on a conical poppet with an opening angle
of 30°. A series of measurements were carried out for a constant vibration amplitude
at an excitation frequency in the range of 200–900 Hz in 10 Hz steps. The attached
pressure sensor and acceleration sensor were connected to the computer and operated
by the PUMA system. The data post processing was performed in the Origin Pro 9.0
and Microsoft Excel environment.

3 Selected Results of Experimental Research

In order to determine the influence of external mechanical vibrations on the pressure
relief valve, measurements of flow rates through the valve of 1 dm3/min were carried
out for a fixed opening pressure of the relief valve of 10 MPa. Due to the limited amount
of space, selected measurement results are listed below. In Figs. 3 and 4, the results for
external frequency of 230 Hz and 660 Hz and flow rate of 1 dm3/min, respectively were
presented.
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Fig. 3. Amplitude spectrum at a flow rate of 1 dm3/min, at a pressure of 10 MPa average and
external excitation for a frequency of 230 Hz.
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Fig. 4. Amplitude spectrum at a flow rate of 1 dm3/min, at a pressure of 10 MPa average and
external excitation for a frequency of 660 Hz.

4 Interval Classification Using Induction Trees

Classification means dividing any set of elements into groups, which include elements
that differ, but are similar, i.e. those that distinguish a given group. A set of elements
belonging to one group is called a class, and each element of a class is an object.
Class elements may differ, except those properties on which the classification is based.
Depending on the type of information available, two issues can be distinguished within
the classification:

1. Reference classification; the structure of the category is known, i.e. We have
a description of the classes from which the objects originate; this issue is called
learning (recognition) with a teacher or under the supervision,

2. Standard classification, known as taxonomy or cluster analysis (clustering), also
known as learning or recognition without a teacher.

In general terms, a given set of objects has the following form:
{
xi, C

(i)
}
i = 1 . . .N (4.1)
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where x is a n-dimensional vector describing the case, while C(i) ∈ {C1, C1, . . . , CL}
is a class label.

4.1 Decision Areas in the Classification

From a geometrical point of view, each x vector from the training sequence can be
assigned a point in a suitably defined feature space (observation space), whose dimension
is equal to the dimensionof the trainingvector. The classifier divides the feature space into
decision areas, i.e. parts of the feature space, such that all points in this area correspond
to the same decision (class). The boundaries between these areas are called decision
surfaces or decision boundaries. In other words, the boundary of decisions is an area in
the space of features for which the relevant criterion functions (functions of belonging
to a given class) have the same value.

The optimal classifier selects the class for which the posteriori probability is higher.
A given vector x is classified into class Ck when the following relation is met [7, 8]:

p(Ck |x) > p
(
Cj

∣∣x)j �= K (4.2)

Where: p(Ck) is the a priori probability of class Ck is the a priori probability of class
Ck , while p (x|Ck) is the distribution of samples for class C.

This equation leads to a solution in which the decision boundary between classes
lies at the intersection of the class distributions. For example, the best decision limit for
separating these two classes (features X and Y ) is the circle (Fig. 5).

Fig. 5. Optimal a) and not optimal b) decision boundary.

Unfortunately, the shape of decision areas in the analyzed data is usually unknown.
Therefore, different models are used for each data and their generalization is examined,
and the one whose generalization was the highest is considered the best.

4.2 Machine Learning and Interval Induction

Machine learning is a branch of artificial intelligence dealing with the automatic
acquisition of knowledge from data in order to use it in the future [9, 10].



316 M. Stosiak et al.

The sources of machine learning include negative experiences with expert systems,
in which knowledge is usually acquired through dialogue with an application specialist.

For similar reasons, machine learning is now becoming a popular trend as part of
multi- criteria decision support. Machine learning methods are usually embedded in one
of two environments:

– unsupervised setting (learning),
– supervised setting (learning).

In an unattended environment, the learning system generates a hypothesis based on
the values of the characteristics. The task of the learning system is then to detect and
describe certain regularities (regularities, relationships, clusters) in the analyzed data

In this paper, the division of P (U) into decision intervals Ck is defined on the set of
all U objects. According to the definition, this division meets the following conditions:

– Fullness [11]:
n⋃

K = 1

Ck = U

– separation of decision classes:

∀Ck ∈ U , Cl ∈ U : Ck ∈ Cl = ∅, K, l = 〈1, n〉, k �= l (4.3)

where n is the number of decision classes. The division into decision classes usually
results from the field of application and is given a priori (e.g. by an expert in the field of
application). There are numerous author/co-author works presenting the use of induc-
tive decision trees, multi-valued logical trees (also with coefficients) and multi-valued
logic equations as a decision support tool, discrete optimization and determining the
importance of decision variables and knowledge generation, for example [12–14]

5 Application of the Decision Tree Induction Method and Interval
Classification in the Analysis of the Impact of Vibration
on Themicrohydraulic Valve

Classifier learning is based onminimizing some function, called an error or cost function.
In the simplest case, i.e. when all errors are equally unfavorable, this function has the
form [15, 16]:

E =
∑

i
Er

(
y(xi; W ), C(i)

)
(4.4)

Where function : Er
(
Ci, Cj

) =
{
0, if i = j
1, if i �= j

(4.5)

In general, Er () is amatrix function that determines the cost of incorrectly classifying
an object from class Ci to another class, e.g. Cj.

In [17] the analysis was carried out for the range of the frequency of external
excitation (200–900 [Hz]) in 10 [Hz] steps for:
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– three values of flow rates through the valve: 0.6; 0.8; 1 [dm3/min],
– spring stiffness c = 7.49 [N/mm].

Measurements were carried out for flow rates through the valve equal to 1, 0.8 and
0.6 [dm3/min] at an opening pressure of the relief valve 10 [MPa].

The figures (Fig. 6) show example charts with specific intervals for intensity: 0.6
[dm3/min].

Fig. 6. The most important frame intervals for the amplitude frequency spectrum at a flow rate of
0.6 [dm3/min], pressure 10 [MPa] and external excitation for a frequency of a) 490 [Hz], b) 650
[Hz].

In [17], the effect of intensity on the appearance of the amplitude-frequency spec-
trum of pulsation of the component pressure with the frequency corresponding to these
vibrations and the dominant amplitude was analyzed. The influence of intensity Q plays
a decisive role for its second and third range of variability [16].

Currently the work presents a preliminary analysis of the impact of changes in the
frequency ranges (200–900 [Hz]) in 10 [Hz] steps for three values of flow rates through
the valve: 0.6; 0.8; 1 [dm3/min] taking into account the frequency spectrum range. Were
considered only intervals in which the flow rate plays the most important role for the
entire amplitude frequency spectrum were considered.

The concept of entropywas used in the analysis. The information in the set of teaching
examples is equal to (Fig. 7):

I(E) = −
|E|∑
i=1

|Ei|
|E| · log2

( |Ei|
|E|

)
(4.6)

where:
E - a collection of teaching examples, -|Ei| the number of examples of the i-th object,

|E| - the number of examples in the training set E.
In the analysis we take as:

– input (we) attributes of the external excitation frequency (200–900 [Hz]):
[we1, we2, we3, …,wei] [we200, we210, we220, …, we900] for amplitude frequency
spectra [we200, (p(f200)), we210 (p(f210)), we220 (p(f220)), …, we900 (p(f900))]..
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Fig. 7. A sample “query by example” to the decision making system.

– output attributes (wy): are the amplitude frequency values for each set of external
excitation (200–900 [Hz]):
[h1 (f1 = 200 Hz), h2(f2 = 210 Hz), h3(f2 = 210 Hz),…, h3(f2 = 900 Hz)].

The analysis uses the Aitech integrated decision program by the DeTreex module.
The computational structure is presented in Fig. 8.

Fig. 8. Integrated decision system.
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The induction tree shown in Fig. 9 was generated for the flow rate Q = 1 [dm3/min]
and the entire frequency range f: 200–900 [Hz] with the division into attributes: [h1 (f 1
= 200 Hz), h2 (f 2 = 210 Hz), h3 (f 3 = 210 Hz), …, hk (f k = 900 Hz)]. An instance
is classified by starting at the root node of the tree, testing the attribute specified by
this node, then moving down the tree branch corresponding to the value of the attribute
as shown in the Fig. 9. This process is then repeated for the subtree rooted at the new
node. The designations h1, h1,… hm are respectively the hypotheses represented by the
subtrees T1, T2, … Tm. Each of the finite number of possible test results corresponds to
a branch leading from the node to the subtree. If a node contains a test, then the result
it it= { i1, i2, i3, …im}, and the corresponding branches lead to subtrees T1, T2, … Tm,
then the hypothesis represented by this node can be given for each example x ∈ X write
as follows:

h(x) =

⎧⎪⎪⎨
⎪⎪⎩

h1(x) if t(x) = i1
h2(x) if t(x) = i2

· · ·
hm(x) if t(x) = i1

(4.7)

Fig. 9. Induction tree for the learning file from Fig. 8- for Q = 0.6 [dm3/min].

The same analysis is presented in Fig. 10 for the flow rate Q = 1 [dm3/min]
The tree in Fig. 9 is, however, symbolically represented using a proprietary graphical

interface. However, the tree shown in Fig. 10 is presented as a graphical interface directly
from the DeTreex program.

In the event that each operating parameter, assuming numerical values from a specific
range, will be marked with a logical variable of two or multi- value, then it is possible
to discretization such numerical ranges. The set of all numerical combinations forms an
induction tree. The number of sub-ranges of a given interval means a set of branches in
one twig bundle (possibility of implementation), and the number of all paths from the
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Fig. 10. Minimized induction tree for Q = 1[dm3/min].

bottom to the top of the logical tree corresponds exactly to the number of all combinations
of discrete values of the considered ranges. Induction trees from Figs. 9 and 10 designate
the ranges of the frequency ranges f [Hz] in which the impact of sound pressure is
greatest. For the flow rate Q = 0.6 [dm3/min], the most important frequency values are:
f = 220 [Hz], 250 [Hz] and 260 [Hz]. Therefore, the most important range can be for f
= {220–260 [Hz]}.

For the flow rateQ = 1 [dm3/min] the most important frequency values are: f = 420
[Hz], 430 [Hz] and 460 [Hz] and less important: f = 370 [Hz] and 380 [Hz]. Thus, the
most important range can be considered for: f = 370–460 [Hz].

These are quantities describing operating parameters. In subsequent publications, the
analysis will concern the determination of the importance rank of construction parame-
ters, such as spring constant, valve diameter, shape of the valve plug. The analysis will
be carried out in the currently most important designated compartments using induction
trees and taking into account the analysis using neural networks presented in [17].

6 Conclusions

When analysing the impact of frequency changes [(f1 = 200 Hz), (f2 = 210 Hz), (f3
= 210 Hz), …, (f4 = 900 Hz)] on pressure pulsations, it can be stated that its greatest
impact is for the ranges f = 220–260 [Hz] - induction tree in Fig. 8.
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The analysis should be carried out for three flow rates through the valve: 0.6; 0.8; 1
[dm3/min]. In the case of analysis for intensity 1 [dm3/min], the importance of the impact
of frequency in its higher values increases. On the induction tree of Fig. 10, the largest
impact is in the range of 420–460 [Hz]. Further analysis should also take into account
the flow rate of 0.8 [dm3/min]. The present work is another one regarding the impact of
design parameters (such as spring stiffness, closing member weight, seat diameter, etc.)
and operational (valve opening pressure, valve flow rate, etc.) affecting the vibrations of
hydraulic and noise.

Ultimately, the analysis should be carried out for:

• various changes in the construction parameters: analysis of springs with different
stiffness and/or change of the shape of the microvalve,

• various pressure changes as an operating parameter.
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6. Kudźma, Z., Stosiak, M.: Micro-max valve. Patent PL221214B1 (2016)
7. Michalski, R.S., Carbonell, J.G.,Mitchell, T.M.:Machine Learning: AnArtificial Intelligence

Approach, vol. III. Morgan Kaufmann Publishers Inc., San Francisco (1983)
8. Weiss, S., Kulikowski, C.A.: Computer Systems that Learn: Classification and Prediction

Methods From Statistics, Neural Nets, Machine Learning and Expert Systems. Morgan
Kaufmann Publishers Inc., San Francisco (1991)

9. Michalski, R.S., Bratko, I., Kubat, M.: Machine Learning and Data Mining. Methods and
Applications. Wiley, Hoboken (1997)

10. Chung-Min, W., Ching-Lin, H., Kuei-Lun, Ch.: A Hybrid multiple criteria decision making
model for supplier selection. Math. Prob. Eng. 8 (2013)

11. Kotsiantis, S.B.: Artificial intelligence review. Decis. Trees: Recent overv. 39(4), 261–283
(2013)

12. Deptuła, A., Partyka, M.A.: Application of dependence graphs and game trees for decision
decomposition for machine systems. J. Autom. Mob. Robot. Intell. Syst. 5(3), 17–26 (2011)

13. Deptuła, A., Macek, W., Partyka, M.A.: Analysis of loading history influence on fatigue
and fracture surface parameters using the method of induction trees. In: MATEC Web of
Conferences, vol. 252, no. 08003, pp. 1–6, Lublin (2018)
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Abstract. Reciprocating compressors operated in gas transmission systems are
equippedwith passive pressure pulsationdampers protecting the systemagainst the
negative effects of excessive pulsation and the related dynamic phenomena. The
transmission loss characteristics are determined by means of numerical simula-
tions ormeasurements at test stands.Most often, however, both the simulations and
the bench tests cover either only some assumed simplified operating conditions,
e.g. experimental tests of acoustic characteristics, without taking into account
the flow of medium, or numerical simulations without taking into account the
geometry of the entire installation (the anechoic boundary condition). The article
presents a proposed methodology for determining the transmission loss character-
istics of pulsation dampers with allowance for variable operating parameters and
with the use of a specially designed test stand equipped with a piston compressor
and a variable volume damper. In addition, the influence of operational param-
eters (flow rate and pressure) on pressure pulsation attenuation was tested. The
research results presented in the article may form the basis for the development
of new improved mathematical models simulating the characteristics of pulsation
dampers with allowance for the operational parameters of a system.

Keywords:: Piston compressors · Pressure pulsation · Pulsation damper

1 Introduction

Piston compressors working in process and gas transmission installations are equipped
with passive (reactive) dampers protecting the compressor and the pipeline system
against the negative effects of excessive pressure pulsation. Uncontrolled pressure pul-
sation in gas installations carries the risk of both damage to system components and
serious failures leading to system downtime. In addition, pressure pulsation can reduce
the efficiency of the system and cause indication errors of the measuring equipment.
Gas pressure pulsation results from the cyclic flow of gas through a reciprocating com-
pressor. The movement of the piston in the compressor cylinder generates pulsations at

© The Editor(s) (if applicable) and The Author(s), under exclusive license
to Springer Nature Switzerland AG 2021
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a fundamental frequency corresponding to the crankshaft rotational speed. Valves and
other compressor components cause subsequent harmonic pulsations with frequencies
that are a multiple of the fundamental frequency. After passing through a damper (anti-
pulsation bottles), a pressure pulsation propagates in a gas as a wave and can interact
with the system by undergoing reflection or interference. The amplitude of individual
harmonics of pressure pulsations can be significantly increased as a result of resonance
– if the frequency of excitations from the compressor coincides with the frequency of
natural vibrations of the piping system [1, 2]. For this reason, anti-pulsation bottles of
piston compressors must be optimally selected and arranged, and this procedure should
result from the analysis of the operating conditions and the geometrical parameters of
the installation. The correct selection of dampers should allow increasing the reliability
of the reciprocating compressor and the entire installation as well as minimizing the
initial investment and operating costs. The selection of the appropriate damper type is
based on analytical calculations (Helmholtz model or recommendations of API 618 [3]),
numerical simulations [4, 5] or experimental tests. Two methods have been described so
far in the literature for the experimental determination of the transmission loss character-
istics of passive pulsation dampers. The first of these is the two-microphone method, in
which the pulsation damper is excited by means of a sound source with a wide frequency
spectrum, and a free gas flow is ensured at the output of the damper (anechoic boundary
condition). Two microphones are mounted in a pipe at the inlet and at the outlet of the
damper in order to capture the traveling and reflected waves [6]. Experimental studies
of damping characteristics, including mean flow of medium, were also undertaken. In
this case, the damper was excited by a centrifugal compressor operating at different
rotational speeds and a free flow of air was provided at the outlet of the damper. Attenu-
ation characteristics were determined using two microphones mounted before and after
the damper [7]. The two-microphone method has also been adopted to determine the
four-field matrix coefficients in order to perform 3D numerical calculations of dampers
[8]. Acoustic measurement methods are also widely used in other systems, e.g. for
measuring noise resulting from positive displacement machines operation and system
vibrations [9]. In the secondmethod of determining the transmission loss characteristics,
pressure transducers are used to measure the dynamic pressure component during the
flow of a working medium. In publications [10, 11] the source of pulsations was a piston
compressor, and the system was terminated with an air tank. The research concerned a
system with a volume-choke-volume filter and with a Helmholtz resonator.

2 Experimental Tests

For the purpose of experimental research on the impact of operating parameters on the
characteristics of pressure pulsation dampers, a test standwas built. It comprised a piston
compressor togetherwith an electricmotor and an inverter to control the rotational speed,
as well as a pulsation damper with adjustable volume and a pipe system with fittings.
Dynamically variable pressure was measured with a system consisting of two Trafag
NAH industrial pressure transducers alongwith anHBMsignal processing and recording
system. The system also measured the compressor suction and discharge temperatures
(Fig. 1).
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Fig. 1. Test stand for determining the transmission loss characteristics of gas pressure pulsation
dampers.

The piston compressor has the ability to work in the range of 900–2500 rpm at a
nominal pressure of 8–10 bar. The volumetric flow at 8 bar pressure and 1500 rpm is
125 l/min. Air was used as the working medium in the system. Experimental studies of
pressure pulsation measurement were carried out on two installations:

– a system consisting of a straight steel pipe with a diameter of 28 mm and a length
(including valves at the end of the line) equal to 2100 mm, ended with an open throttle
valve (free outflow of air),

– a system with a pulsation damper with adjustable volume, internal diameter 200 mm
and internal chamber length set to 650 mm, 290 mm and 160 mm, ended with a pipe
section with valves and an open throttle valve at the outlet.

Table 1. Operating parameters during the tests.

Pipe system System with a damper

Rotational speed
[rpm]

Suction pressure
[bar (g)]

Discharge
pressure [bar (g)]

Suction pressure
[bar (g)]

Discharge
pressure [bar (g)]

1000 1.0 1.4 1.0 1.3

1500 1.0 2.1 1.0 2.0

2000 1.0 2.7 1.0 2.6
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The test cases included gas pressure pulsation measurement at 1000 rpm, 1500 rpm
and 2000 rpm. The static pressure in the installation depended on the flow resistance
and rotational speed, but the fixed operating pressure was not determined for each mea-
surement case (throttle valve open – free outflow of gas). The air temperature on the
suction and discharge sides during the measurements was maintained at 23 °C at the
start of each measuremet in order to ensure a constant sound propagation velocity in the
medium, which was 348 m/s. The operating parameters are presented in Table 1.

3 Pulsation Damper Selection

The simplest analytical model for determining the minimum chamber volume of the
pulsation damper is the Helmholtz model. The theory of Helmholtz resonators can be
applied to system components which consist of short pipeline sections having small
volumes. The system elements are described by means of lumped parameters – acoustic
compliance – compressible gas in the volume of the damper acting as a spring, acoustic
inertance – incompressible plug of gas in the neck volume corresponding to vibrating
mass.

The natural frequency of a chamber damper f 0 is given by:

fo = c

2π

√
S

LV
(1)

where: c – speed of sound, S – section area of outlet line, L – outlet line length, V
– damper volume.

Thenatural frequencyof a damper f 0must be lower than thefirst harmonic of pressure
pulsation, and the cut-off frequency f above which the low-pass filter will suppress the
signal is given by the formula:

f = √
2fo (2)

The minimum volume of a chamber damper V can therefore be determined by
transforming formulas (1) and (2):

V = S · c2
2π2 · f 2 · L (3)

Based on the formula (3), a volume damper with an internal diameter of 200 mm
and a length of 650 mm was selected for the analyzed installation in order to ensure
the occurrence of a resonant frequency below the excitation frequency at the lowest
rotational speed of the compressor. It should be emphasized that the analytical formula
based on the Helmholtz resonators theory serves only for preliminary calculations of
the required volume and generally leads to a significant oversizing of the dampers. In
addition, the use of a model with lumped parameters is limited by small dimensions of
the damper and outlet line in relation to the length of the highest harmonic of the analyzed
wave excitation. Obtaining an adequately accurate solution is conditioned by the length
of the longest damper element not exceeding ¼ of the highest harmonic wavelength.



Experimental Research into the Influence of Operational Parameters 327

If this condition is not met, standing waves (acoustic resonance) are generated in the
system, which may cause additional resonances in the range of frequencies determined
as attenuated. For this reason, the final selection of a damper for installation should
be confirmed by numerical simulations or measurements of pressure pulsations in the
system.

4 Results Analysis

As a result of the measurements, time history of pressure pulsations was obtained in the
system with a straight pipe section and in the system with a chamber damper, depending
on the compressor rotational speed and the operating pressure in the installation. The
graphs (Fig. 2 and Fig. 3) show one period of a pressure pulsation wave based on signals
from pressure transducers located directly at the outlet of the piston compressor and at
the end of the installation before the throttle valve at 1000 rpm, 1500 rpm and 2000 rpm.

0

0,5

1,0

1,5

2,0

2,5

3,0

3,5

0,01 0,02 0,03 0,04 0,05 0,06

Pr
es

su
re

  
[b

ar
]

Time  [s]

line_inlet_1000 line_outlet_1000 line_inlet_1500 line_outlet_1500
line_inlet_2000 line_outlet_2000

Fig. 2. Pressure pulsation in a system with a straight pipe section at 1000 rpm, 1500 rpm and
2000 rpm compressor speeds.
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compressor speeds.
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In the case of a system without a damper, the pressure pulsation wave is almost not
damped along the pipeline. Only the recorded pressure pulsation signal at the end of the
pipeline is shifted in phase relative to the pressure pulsation wave at the pipe inlet. The
use of a chamber damper significantly reduces the pressure pulsation amplitude at each
analyzed compressor rotation speed.

Further analysis of the test results was based on the determination of the transmission
loss characteristic, which describes the decrease of the acoustic signal power between
the inlet and outlet of the pulsation damper and is most often determined from the ratio
of pressure pulsation amplitudes at the damper inlet and outlet for a given harmonic of a
signal. For the purpose of determining the transmission loss function, Fourier transforms
were made from pressure time signals measured with pressure transducers in order to
determine the amplitude of pulsations in the frequency domain. The damping function
can then be calculated from the formula:

TL = 20log
FFT1
FFT2

(4)

where: FFT1 and FFT2 are the Fourier transforms of the time histories of the incident
and transmitted waves respectively.

The theoretical characteristics of the volume damper can be calculated using a dis-
tributed parameter model, which simplifies to the determination of the transmittance
coefficient Tt :

Tt = 4

A2cos2kL + B2sin2kL

where:A = 1 + sc
sA

and B = sc
sB

+ sB
sA

, SA – section area of the inlet pipe, SB – section
area of the damper, SC – section area of the outlet pipe, k – wave number, L – damper
length.

Then, the transmission loss is determined by the relation:

TL = −10logTt
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Fig. 4. Transmission loss characteristics for the systemwith a straight pipe at 1000 rpm, 1500 rpm
and 2000 rpm.
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The diagram (Fig. 4) shows the transmission loss function depending on the fre-
quency in a system consisting of a straight pipe at compressor speeds of 1000 rpm, 1500
rpm and 2000 rpm. If the amplitude of the pulsation at the outlet is much higher than
the amplitude of the pulsation at the inlet, then the transmission loss function reaches
the minimum, which means resonance, i.e. amplification of the pulsation at a given fre-
quency. The analysis of the transmission loss characteristics in a system with a straight
pipe section indicates that the pressure pulsation is not damped in the system. For fre-
quencies 33 Hz, 117 Hz, 200 Hz, 275 Hz, 283 Hz and 367 Hz, the excitation frequencies
coincide with the natural frequencies of the system, causing resonance. The maximum
attenuation function determines the highest attenuation at a given frequency. At 2000
rpm, pulsation suppression can be seen at 200 Hz.

The graph (Fig. 5) shows the transmission loss characteristics depending on the
frequency in the installation with the tested chamber damper at compressor rotational
speeds of 1000 rpm, 1500 rpm and 2000 rpm.

-15

-10

-5

0

5

10

15

20

25

30

35

0 50 100 150 200 250 300 350 400

TL
 [

dB
]

Frequency [Hz]

TL_1000 TL_L290_1500 TL_L160_2000 TL_L650_theoretical

Fig. 5. Transmission loss characteristics for the system with a damper at 1000 rpm, 1500 rpm,
2000 rpm and theoretical transmission loss characteristic of the damper installed in the system.

The analysis of the damping function curve for a rotational speed of 1000 rpm
indicates that it corresponds approximately to the theoretical characteristic. The analyt-
ically determined maximum attenuation is 27 dB at 134 Hz, while the actual maximum
attenuation reaches 32 dB at the same frequency. The theoretical and actual resonant
frequencies of the damper are 267 Hz. Introducing to the system a chamber damper with
a volume larger than required should improve the attenuation of pressure pulsations due
to increased acoustic compliance. The diagram of the transmission loss characteristics
(Fig. 5) shows that, in fact, the oversized dimensions of the damper do not significantly
affect the reduction of the pressure pulsation amplitudes in the system.

It should be emphasized that the selection of dimensions of the pressure pulsation
damper for a compressor with a variable speed is carried out in relation to the lowest
frequency of excitations (in this case the frequency of the first harmonic is 16.7 Hz for
1000 rpm). The attenuation range of the damper should include at least ten harmonics,
in this case up to 167 Hz. In the analyzed case, the selected pulsation damper meets
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the above requirements. However, if the compressor operates at a higher speed, then,
based onHelmholtz resonator theory, the dimensions of the damper can bemuch smaller.
Assuming a constant diameter of the muffler (Dw = 200 mm), for a rotational speed of
1500 rpm the required length of the damper is 290 mm, and for a rotational speed of
2000 rpm – only 160 mm.

The diagrams in Figs. 6, 7and 8 show the actual transmission loss characteristics of
dampers installed in the system and the theoretical transmission loss characteristics for
compressor speeds of 1000 rpm, 1500 rpm and 2000 rpm.
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Fig. 6. Theoretical and measured transmission loss characteristics of a damper with the length of
650 mm selected on the basis of compressor rotational speed of 1000 rpm.
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Fig. 7. Theoretical and measured transmission loss characteristics of a damper with the length of
290 mm selected on the basis of compressor rotational speed of 1500 rpm.

The analysis of the results presented in the graph (Figs. 7 and 8) suggests that the
reduction in the volume of the damper for a higher compressor speed does not provide
attenuation of pulsations in the required frequency range. The measured characteristics
of dampers selected according to the compressor rotational speed of 1500 rpm and
2000 rpm show additional resonance frequencies at 93 Hz, 204 Hz and 345 Hz not
resulting directly from the compressor excitation frequency, but caused by vibrations
of other components of the installation. In addition, the smallest volume of the damper
selected for the rotation speed of 2000 rpm does not ensure the suppression of pulsations
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Fig. 8. Theoretical and measured transmission loss characteristics of a damper with the length of
160 mm selected on the basis of compressor rotational speeds of 2000 rpm.

in the range of 0–60 Hz, in which the fundamental frequency of compressor excitation is
located (about 33 Hz), but strengthens them, which is also visible in the spectral analysis
of the signal presented in Fig. 9.
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Fig. 9. Amplitude-frequency spectra of pressure pulsation in a system with a damper length of
L = 290 mm for a rotational speed of 1500 rpm and in a system with a damper length of L =
160 mm for a rotational speed of 2000 rpm.

5 Conclusion

The selection of pulsation dampers only on the basis of theoretical calculations or exper-
imental research without taking into account the fluid flow and actual operating param-
eters may lead to incorrect decisions regarding the required dimensions of the damper,
and therefore does not ensure the required damping of pulsation amplitudes. Experi-
mental research presented in the article directly indicates that analytical formulas and
basic mathematical models may not allow the exact prediction of resonances resulting
from system operational parameters. The presented methodology for determining the
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transmission loss characteristics at a dedicated test stand and the results of experimen-
tal studies form the basis for further work related to the development of new designs of
variable volume dampers, as well as improvedmathematical models describing dynamic
phenomena occurring in gas transmission and process installations.
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Abstract. Vibrational behaviour of hydraulic power system elements is crucial in
aspects of noise problems. Hydraulic lines used in engineering systems to transfer
hydraulic energy are also a structural and fluid coupling between vibrating ele-
ments of the entire system. Excitation generated in different places of the hydraulic
systems due to external loads, control elements or flow pulsation are all transferred
through hydraulic lines on which resonances may occur. Experimental investiga-
tionswere undertaken in order to identify the influence of hydraulic pressure on the
natural frequencies and mode shapes of a basic hydraulic line model. Modal anal-
ysis was conducted on a hydraulic line at several pressure increments to identify
the change in natural frequencies and mode shapes.

Keywords: Hydraulic system · Vibration · Natural frequencies · Hydraulic line.

1 Introduction

Hydraulic systems are commonly used in various branches of industry due to several
advantages over electrical, mechanical or pneumatic systems. High energy density, flex-
ibility in system shaping, reliability, ease of automation - some of many advantages that
contribute to the popularity of hydraulic systems. On the other hand, there are some
drawbacks of hydraulic power systems such as equipment maintenance, medium con-
ditioning, heat generation, and last but not least noise. In many cases the participation
of hydraulic equipment in production site noise emission is significant especially if the
noise exposure time effect is taken into account [1].

Main focus of hydraulic equipment manufacturers and researchers is scoped on the
better reliability and higher operational pressures of hydrostatic pumps [2–7] and control
elements [8–12] and acting elements [13–17]. Some researchers address the problem of
noise and vibration of hydraulic pumps, conducting geometry optimization with the
criterion of lowest noise levels and allowable pump housing strength [11]. Additional
work regarding the dynamics of hydraulic system elements such as pumps and valves is
presented in the following literature [17–20].
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Noise generated by hydraulic systems can be categorized into structure-borne noise,
fluid-borne noise and air-borne noise [21–29]. Air-borne noise mainly connected to
the operation of electric motor cooling fans and air heat exchanges commonly used to
reduce hydraulic fluid temperature. Structural vibrations are coupled with fluid-borne
noise due to the hydraulic system specific. System elements vibrations caused by normal
operation or external loads are transmitted through the system structure aswell as through
the hydraulic medium which fills the system. Approaching the phenomenon from the
other side, pressure ripple or pressure peaks are transmitted through oil to the structure
of the system where noise can be emitted [21, 22, 26].

Research indicates the hydraulic pump as the main source of hydraulic system inter-
nal vibration [24, 27] both structure and fluid borne. Reduction of noise at the hydraulic
power pack was investigated in previous own work [28], however structural vibrations
as well as pressure ripple that do not cause noise at the power pack can be transmitted
to valves or acting elements via hydraulic fluid and flow channels.

Hydraulic lines, either rigid steel pipelines or flexible hoses, transfer the hydraulic
energy as well as structure and fluid borne noise between system components. It was
observed in laboratory experiments that the resonance vibrations of a hydraulic line can
be transferred through mounting elements and induce several times larger structures to
emit high levels of noise. Several researchers undertaken the investigations of hydraulic
hose and pipeline vibrations. The research focuses mainly on experimental investiga-
tions of steel or fibre braided flexible hoses vibration transfer function [29]. Additional
research on micro hydraulic flexible hoses was present in [30] where the effect of flow
rate and pressure on the hose natural frequency was shown. Another literature position
concerns with analysis and vibration modelling of simply supported flexible and rigid
pipelines [31]. Other researchers indicated that the external loading exerted on large
technical object can influence its dynamic characteristics [32].

FEMmodal analysis of structural elements is commonly used in case of mechanical
systems resonance problems. The same principle could be applied to hydraulic lines
although the influence of oil and pressure should be investigated and eventually imple-
mented into FEM simulations. The point of the research presented in this paper is to
investigate the influence of oil and static pressure value in a commercial rigid hydraulic
line on its natural frequencies and mode shapes.

2 Experimental Investigations

Two commercially available St 37.4 steel hydraulic lineswith outer diameters of 16 (mm)
and 10 (mm) and wall thickens respectively of 2 (mm) for the first one and 1.5 (mm) in
case of the smaller one were chosen for experimental investigations. Each 1500 (mm)
long line was firmly attached at its end to a massive foundation. One side of the line
was caped and the other one was connected to a laboratory hydraulic hand pump used to
introduce hydraulic pressure. Fixed attachment conditions shown in Fig. 1 were chosen
for experiments due to the resemblance to actual hydraulic line mounting procedure. It
is clear that in case of industrial setups additional support clamps are recommended by
manufacturers and the spacing between them depends from the pipe diameter. In case
of a 10 (mm) and 16 (mm) lines the recommended support spacing is respectively about
1(m) and 1.5(m) for larger diameters. During all experiments The supports were set to
1.5 (m) distance in order to allow for a more direct result comparison.
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First measurementswere carried out without the presence of oil in the system in order
to instigate the frequencies and mode shapes of the line structure. Next set of measures
was conducted after the line was filled with oil, air bladed and sealed. Experimental
modal analysis was carried out at static pressure of 5, 10 15, 20, 25 and 30 (MPa) for
each specimen.

Tested hydraulic line

Concreate foundation

Flexible supply hose

Miniature accelerometer

Fixture

Fig. 1. Experimental investigation test setup.

Impact hammer (PCB 086C01) excitation was chosen for the modal analysis with
eight acceleration measurement points at each tested hydraulic line. The excitation point
was stationary while a three axial accelerometer (PCB J356A03) was moved with each
measurement. Impact force was controlled by use of modal hammer impacting rig which
guided the hammer and allowed similar excitation forces between measurements. Data
acquisition system was set to 500 (Hz) bandwidth with 3200 spectral lines and three
averages at each measurement points. A simple line geometry model was prepared in
Spectral Dynamics Star Modal software for the purpose of mode shape representation
and investigations of its eventual change due to introduction of oil and pressure. Signal
post processing was used to compare the summarized FRFs– Mode Peaks for each test
case.

Figure 2 presents the summarized FRFs acquired for the 10 mm hydraulic line
without oil and after the introduction of oil. Each peak indicates a natural frequency of
the hydraulic line with corresponding mode shape overlaid on the plot. As expected in
case of a beam like element, each next mode shape is a representation of sine function,
where higher modes are evolving to more complex sine shapes.

The introduction of hydraulic fluid did not change any of the mode shapes. It can be
seen that the natural frequencies are shifted towards lower values when oil is introduced
into the line. The change in frequencies presented in Table 1 is especially visible at
frequencies above 100 (Hz). Based on literature as well as own experience and obser-
vations in case mechanical systems with low damping even small change in excitation
frequency can lead to resonance or out of it. At higher frequencies the change in natural
frequency value can significantly influence the vibrations of the hydraulic line. It is also
worth mentioning that the presence of oil increased the frequency response function
values at peaks.
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Fig. 2. Frequency response functions (FRF) with mode shapes–10 mm line with and without oil.

Table 1. Natural frequencies–10 mm hydraulic line.

1st. mode
(Hz)

2nd. mode
(Hz)

3rd. mode
(Hz)

4th. mode
(Hz)

5th. mode
(Hz)

6th. mode
(Hz)

Empty line 23.75 63.59 123.9 203.9 302.3 447.7

Oil filled 23.28 62.66 122 199.7 299.1 415.5

Difference −0.47 −0.93 −1.9 −4.2 −3.2 −32.2

Results acquired for the 16 (mm) line are presented Fig. 3. where summarized FRFs
without oil and after the introduction of oil were compared. Similarly, to previous case
the introduction of oil did not change any of the mode shapes. It can be also observed

Fig. 3. Frequency response functions with mode shapes – 16 mm line with and without oil.
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that the natural frequencies shift towards lower frequency values once again, especially
in the higher frequency range.

Table 2. Natural frequencies – 16 mm hydraulic line.

1st. mode (Hz) 2nd. mode
(Hz)

3rd. mode
(Hz)

4th. mode
(Hz)

5th. mode
(Hz)

Empty line 31.56 91.09 186.6 308.9 446

Oil filled 30.63 86.72 176.9 293 428.6

Difference −0.93 −4.37 −9.7 −15.9 −17.4

It can be seen in Table 2 that in case of the 16 (mm) line the shift of frequencies is
greater than in case of the 10 (mm). Differences are significant starting from the second
natural frequency. Contrary to the 10 (mm) line presence of oil decreased the response
function values at peak and in case of the 2nd mode strong reduction in value is visible.

Further analysis deals with the influence of static pressure on the natural frequen-
cies. Both specimen ware loaded with static hydraulic pressure increments to investigate
eventual change in frequency response functions. All presented pressure values are rel-
ative pressures. Calculated mode shapes did not differ from ones presented in Fig. 2 for
the 10 (mm) and in Fig. 3 for the 16 (mm) specimen and remained unchanged throughout
the incremental pressure increase.

Fig. 4. Frequency response functions 10 (mm) – Incremental pressure increase.

At first glance no visible changes in frequency signals are visible in Fig. 4 thus
additional plots were prepared in Fig. 5, Fig. 6, Fig. 7 which present frequency ranges
accordingly to present modes. It is visible that the increase of static pressure shifts the
peak FRF values towards lower frequencies. This phenomenon can be seen in case of first
five mods. In case of other higher mods, the tendency to shift towards lower frequencies
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Fig. 5. Frequency response functions 10 (mm) - narrow frequency range: a) 1st Mode, b) 2nd

mode.

Fig. 6. Frequency response functions 10 (mm) - narrow frequency range: a) 3rd Mode, b) 4th

Mode.

Fig. 7. Frequency response functions 10 (mm) - narrow frequency range: a) 5th Mode, b) 6th

mode.

with increasing pressure is noticeable, although the not as clear as in case of the three
first mods. Last sixth mode does present some changes in frequency due to pressure but
contrary to previous mods the decrease in frequency value is not always increasing with
pressure increment.
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Second set of measurements was carried out for the 16 mm hydraulic line. As in
case of previous measurements the broadband FRF representation does not indicate to
any noticeable changes in frequencies at peak (Fig. 8).

Fig. 8. Frequency response functions 16 (mm) – Incremental pressure increase.

Fig. 9. Frequency response functions 16 (mm) - narrow frequency range: a) 1st mode, b) 2nd

mode.

Additional plots were prepared for mode narrow frequency bands. In case of the first
mode the changes in frequencies are visible but no trend can be observed. Second mode
shows similar behaviour, the frequency shift tends towards increase and is stronger in
case of mid pressures of 10 and 15 (MPa).

Błąd! Nie można odnaleźć źródła odwołania. a) presents the FRFs at third mode.
Similarly, as in case of previous two modes the change in frequency under load is
present although no trends can be observed. In case of the fourth mode presented in
Błąd! Nie można odnaleźć źródła odwołania.b) the increase of pressure is showing
upshift of frequencies at peak although strongest change is taking place at 15 and 10
(MPa). Finally, the fifth mode is showing frequency shift towards higher values at peak
and the change is increasing with pressure load.
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Fig. 10. Frequency response functions 16 (mm) - narrow frequency range: a) 3rd mode, b) 4th

mode.

Fig. 11. Frequency response functions 16 (mm) - narrow frequency range: 5th mode

3 Discussion

Conducted experiments indicate that introduction of oil into hydraulic lines will change
the natural frequencies of the system. The additional weight of oil should contribute
to lowering of natural frequencies [33–36] of mechanical systems and this was also
observed in case of investigated hydraulic lines. This statement, however obvious and
self-evident shows that even small amount of oil can change the dynamic properties
of hydraulic lines and at least the additional mass effect should be included into FEM
simulations.

Additional investigations are needed in order to identify the eventual hydraulic line
structural stiffness to oil mass ratio and the fluid structure interactions caused by oil
presence. The stiffness of the 10 (mm) hydraulic line significantly lower than the 16 (mm)
line on the other hand oil mass was equal to 150 (g) in case of the 16 (mm) and 50 (g)
in case of 10 (mm) lines.

Results presenting hydraulic pressure induced natural frequency change should be
treated as a preliminary investigation of this phenomenon. Additional tests are needed on
larger population of specimen in order to providemore detailed explanation. In case of the
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10 (mm) hydraulic line, incremental hydraulic pressure increase lead to a corresponding
mode peak frequency downshift within 0–5 (Hz). The change in frequencies was weaker
in case of last mode placed at higher frequencies.

Contrary to the observations stated above, the measurements carried out on the
16 (mm) hydraulic line did not indicate any consistent influence of the increased
hydraulic pressure. Furthermore, at frequencies higher than 250 (Hz) the mode peak
frequencies shifted upwards within 0–35 (Hz).

Measurement errors and uncertainties concerning experimental modal analysis were
reduced by implementation of an impact hammer excitation rig which allow to apply
the excitation force at repeatable location and at comparable force levels although the
excitation force value should not influence the FRFs as long as excitation energy is
sufficient and the investigated object is linear. Experimental results presented above
may indicate that steel hydraulic lines filled with oil, at certain configuration of pipe
diameter and wall thickens exhibit nonlinearities which should be investigated in future
research.

Further investigations should be conducted with use of electrodynamic shaker and
at even higher frequency resolutions in order to capture the eventual frequency changes
in detail. A broader population of specimen is needed e.g. various internal and external
diameter hydraulic lines in order dismiss uncertainties and define eventual nonlinearities.
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Abstract. The article considers the problems of ensuring the durability of techno-
logical equipment for ultrasonic cavitation. The results of planning and conduct-
ing an experimental investigation of the structural materials erosive destruction
fromwhich ultrasonic emitters and parts of cavitation chambers are presented. The
study allowed us to determine the most preferred materials in terms of cavitational
strength in the presence of fatigue stresses.

Keywords: Ultrasonic vibrations · Ultrasonic cavitation · Experiment planning ·
Cavitational strength of materials · Cavitation chambers

1 Introduction

In the fields of mechanical engineering, chemistry, food industry, agriculture and
medicine etc., technologies widely use the effects that accompany the phenomenon
of ultrasonic cavitation in a technological fluid. Such technologies include dispersion,
cleaning of hard and elastic surfaces, fine spraying, filtering, mixing at the molecular
level, degassing, activating liquids, extraction, disinfection, etc. [1–3].

These technologies use the effects that occur when an ultrasonic wave is introduced
into a liquid. In the rarefaction phase of the ultrasonic wave, cavitation bubbles are
formed from cavitation nuclei present in the liquid, which, having made one or more
oscillations, collapse in the compression phase. Moreover, if the bubble collapses in an
unlimited volume of liquid, then spherical shock waves diverge from it. If the collapse
occurs near some surface, for example, near the cavitation chamber, the surface of
a microorganism or an adjacent bubble, due to the curvature of the velocity field and are
capable to destroy these surfaces then energy-intensive cumulative jets are formed.

In addition, during the collapse of cavitation bubbles, a local increase in temperature
up to 1000 °C and pressure up to 1000 MPa is observed, and oxidative processes in
the cavitation area are also activated [4]. Oscillating and collapsing cavitation bubbles
create intense microflows that can mix components at the molecular level [5].

These accompanying ultrasonic cavitation effects can improve the efficiency and
quality of technological processes. However, when creating ultrasonic cavitation tech-
nological equipment, problems arise associated with the durability of the ultrasonic
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transducers emitting surfaces, as well as with the durability of the cavitation chambers
surfaces themselves.

In some cases, ingress of wear products on the surfaces of technological equipment
into the process fluid is unacceptable. This applies, for example, to the technologi-
cal process of extracting important medicinal components from plant materials in the
pharmaceutical industry. When creating filters with the effect of self-regeneration, cav-
itational erosion of a filter element made of a thin mesh reduces the life of equipment
[6–8].

The purpose of this article is to determine experimentally the resistance of vari-
ous structural materials to ultrasonic cavitation to ensure the necessary durability of
technological equipment.

2 Development of Procedure for Conducting Multivariate
Experiment and Assessment of Measurement Accuracy

Preliminary experimental studies have shown that the relative consumption of structural
material is a function of following three main parameters:

�V = f (N , t,E) [%] (1)

where: N - power of cavitation equipment, W; t is the duration of cavitation exposure,
min; E is Young’s modulus, GPa.

Taking in account the large volumeof experiments in a one-factor study, it is advisable
to study the influence of these factors on the relative volume consumption of structural
materials in the form of a multivariate experiment to obtain the regression equation for
the response function — the relative volume consumption of structural materials using
a multivariate experiment of type 23 using the Box-Wilson method [9, 10].

The choice of variation ranges of the function (1) factors was carried out in such way
that any combination of them, in the ranges provided for by the experimental plan, could
be realized and would not lead to contradictions. So, search experiments were carried
out, which made it possible to determine the area in which the necessary combinations
of factor levels would be stably implemented.

All factors that enter to function (1) are values having different dimensions and
different orders. Therefore, to obtain the response surface of this function, the factor
coding operation performed, which is a linear transformation of the factor space [9]
according to the formula:

xj =

( ∼
Xj −

∼
Xj0

)

Ij
(2)

As a result of search experiments, the following values were determined for each
factor: Xj0 - the main level of the factor; Xjmax, Xjmin - the upper and lower levels of the
factor; αXjmax, αXjmin - maximum and minimum factor levels; - starry shoulder; Lj is
the interval of variation.
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Table 1. Levels of factors and variation ranges.

Factors Factor levels Variation interval

−1.681 −1 0 +1 +1.681

x1 – power of cavitation
equipment, W

100 160.8 250 339.2 400 89.2

x2 – duration of cavitation
exposure, min

0 48.6 120 191.4 240 71.4

x3 – Young’s modulus, GPa 55.2 87.6 135.1 182.6 215 47.5

The following values of factor levels were established on a conditional scale: min-
imum –1, average 0, maximum +1 and stellar values –1.681, +1.681. The true values
of the factors determined during the search experiments are presented in Table 1.

Preliminary experiments showed that the dependence of the relative volume flow
of structural materials on parameters of ultrasonic cavitation process cannot be ade-
quately described by either a linear or quadratic regression model. Therefore, there was
decided to present a regression model from exposure factors with fractional degrees.
The values of fractional degrees were results of preliminary search experiments. Thus,
the mathematical model can represent as:

�V = f
(
N 0,7306, t2,282,E1,155

)
[%] (3)

To select the values of such an impact factor as Young’smodulus, structural materials
with close values of this parameter were selected (Table 2).

Table 2. Young’s modulus of structural materials

Structural materials TEFLON 7 Class30B C37000 AISI 321 30HGSA

E – Young’s modulus, GPa 55.2 100 105 196 215

The required number of experiments for the case of quadratic regression determine
by the formula:

N = 2k + 2k + N0(k) (4)

where: k is number of factors; 2 - variation levels number; N0 is the number of
experiments in the plan center, N0 (k) = N0 (3) = 6.

For our case, there were N = 23 + 2 · 3 + 6 = 20 experiments.
To carry out rotatable central compositional planning (RCSC) of the second order

on the basis of a full-factor experiment of type 23, an experimental planning matrix was
compiled.
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It was planned to obtain the following quadratic regression model with first-order
interaction effects:

y = b0 + b1x1 + . . . + b3x3 + b12x1x2 + . . . + b23x2x3 + b11x
2
1 + . . . + b33x

2
3 (5)

where: y is the objective function (relative consumption of structural materials volume);
b0, b1, …, b3, b13, …, b23, b11, …, b33 are the regression coefficients.

To determine the current estimates b0, b1, …, b3, b13, …, b23, b11, …, b33, the least
squares method was used [10]:

B = YΦ−1 (6)

where: B =

⎡
⎢⎢⎢⎣

b0
b1
· · ·
bk

⎤
⎥⎥⎥⎦ – matrix that contains regression coefficients;

Φ = FTF – Fisher informationmatrix; Y =

⎡
⎢⎢⎢⎣

y1
y2
· · ·
yN

⎤
⎥⎥⎥⎦ –matrix that contains the results

of experiments according to the experiments planningmatrix;F =

⎡
⎢⎢⎣

1 x1,1 . . . x1,k
1 x2,1 . . . x2,k
. . . . . . . . . . . .

1 xN ,1 . . . xN ,k

⎤
⎥⎥⎦

- a matrix that contains the factors values xi, j (where i is the experiment number accord-
ing to the planning matrix, j is the factor number); k is the factors number; N is the
experiments number according to the experiment planning matrix.

The adequacy of the regression model tests by the Fisher criterion [11]:

F = S2ad
S2rep

≤ [
F(f1, f2)

]
, (7)

where: S2ad - dispesion of adequacy; S2rep - reproducibility dispersion;
[
F(f1, f2)

]
is the

critical value of the Fisher criterion, which is equal to the value of the Fisher distribution;
f 1= N – d is the number of freedom degrees of the dispersion adequacy; f 2= N0−1 is the
number of degrees of reproducibility freedom dispersion; d is the number of significant
regression coefficients (5).

The calculated value of the criterion F compare with the critical one and for F >[F
(f 1, f 2)] the regression model was considered inadequate.

The adequacy variance determine by the formula [11]:

S2ad = 1

fi
ΣN

i=0

(
yi − ∼

yl
)2

(8)

where: yi is the result of i-th experiment conducted according to the planning matrix;
∼
y
i

- the result of i-th value of the experiment provided by the regression model (5).
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The significance of the regression coefficients determine by the t-Student criterion
[11]:

ti = |bi|
Srep

√
ci,i

>
[
t(f2)

]
, (9)

where: [t(f2)] is the critical value of t-Student test, which is equal to the Student
distribution value; ci, i is the corresponding element of the matrix F−1.

The calculated value of the criterion ti compares with the critical one and for |t | ≤
[t(f2)] the second regression coefficient consider insignificant.

The number of repeated experiments at each point of the experimental design
determine by the formula [11]:

n ≥ 1 + γ + 2nmes
1 − γ

, (10)

where: γ is the confidence probability that the measurement error is within acceptable
limits; nmes - the number of measurements that are discarded.

According to the authors [12, 13] recommendations, the confidence probabilitywhen
normalizing the quantile estimate of the resulting and random errors of the measuring
technique select in the range (0.8 … 0.9). Then for nmes = 0 we have:

n ≥ 1 + (0.8 . . . 0.9)

1 − (0.8 . . . 0.9)
= 9 . . . 19. (11)

3 The Results of Multivariate Experiment

For the actual factor values, the regression equation after dropping the factors with
insignificant regression coefficients for the response function - the relative consumption
of structural materials volume according to the multivariate experiment has the form:

�V = 0.0506N0,7306 − 0.00805E1,155 + 1.716 · 10−7N0,7306t2,282 − 4.762 · 10−5N0,7306E1,155−
1.639 · 10−8t2,282E1,155 − 3.658 · 10−4N1,4612 − 1.6 · 10−11t4,564 + 1.523 · 10−5E2,31[%]

.

(12)

A negative result obtained using the regression model (12) should be taken as zero,
in which the structural material destruction under the influence of ultrasonic cavitation
erosion does not occur. According to Student’s criterion, all factors except the free term
b0 and x2, first-order interaction effects, and quadratic effects turned out to be significant.

So, S2rep = 0.0002202; S2ad = 0.0003654; F = 1.659 < [F] = 4.784, that is, accord-
ing to the Fisher criterion, the hypothesis of regression model adequacy (12) can be
considered correct with 95% confidence. The correlation coefficient was R = 0.951,
which indicates a high accuracy of the results.

From the according to Student’s criterion among the studied parameters, the power
of the cavitation device affects the relative of structural materials consumption most of
all, and the duration of cavitation least of all.

In Fig. 1 it is shown the response surfaces of the objective function — the relative
consumption of structural materials volume and their two-dimensional sections in the
planes of influence parameters, which allow one to clearly illustrate the dependence of
this function on individual influence parameters.
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Fig. 1. The response surface of objective function is the relative consumption of structural mate-
rials volume and their two-dimensional sections in the planes of influence parameters: a)�V =
f (N, t); b) �V = f (N, E); c) �V = f (t, E).

4 Results of a Full-Scale Experiment

Full-scale experiments carried out on a special bench (Fig. 2), which is a cavitation cylin-
drical flow chamber, on the outer forming surface of which piezoelectric ultrasonic linear
displacement drives that excite the cylindrical chamber in a radial mode of oscillation
were rigidly mounted. Such an excitation regime made it possible, due to the focusing
properties of the chamber emitting inner surface, to create along the longitudinal axis
of the chamber a region of developed cavitation generated by high-intensity ultrasound.
The intensity controlls by the supply voltage of the ultrasonic transducers.

To increase the results reliability, a constant fluid flow provides in the cavitation
chamber, which ensured a constant number of cavitation nuclei in the chamber (Fig. 3).
The experiments carried out at a static pressure of 0.4 MPa and a constant temperature.
In order to determine the material consumption after each experiment, the test sample
weighed on a high-precision analytical balance of the AXIS A250 series. The results are
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Fig. 2. Ultrasonic bench for experiments on cavitation erosion of structural materials.

Fig. 3. Hydraulic diagram of the experimental bench. (C - cavitation chamber; CV1 - control
valve 1; CV2 - control valve 2; F - filter; FM - flow meter; FR - flow control; P - pump; PC -
pressure control; PG1 - pressure gauge 1 PG2 - pressure gauge 2; PS1 - pressure switch 1; PS2 -
pressure switch 2; T – tank).

presented graphically in Fig. 4. According to the Student’s criterion it was found, the
power of the cavitation device most affected by the relative loss of structural materials
volume. Cavitation duration is most not affected the relative loss of structural materials
volume.
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Fig. 4. The mass flow of structural materials under the action of ultrasonic cavitation with
ultrasonic power emitters, 250 W.

5 Conclusions

The results obtained make it possible to evaluate the cavitation resistance of structural
materials and make an informed choice of materials for use in ultrasonic technological
equipment. To increase the durability and reliability of ultrasonic cavitation equipment, it
is necessary to expand the number of testedmaterials types and increase the test duration,
since the obtained results on structural materials consumption under the influence of
cavitation erosion indicate that the influence of fatigue strength is characteristic for
individual materials, even cavitation-resistant, upon reaching which there is an intensive
material destruction.
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Abstract. Water is a natural working fluid, which is increasingly used
in hydraulic systems due to environmental requirements. Making plastic
parts allows us to enjoy the benefits of this liquid without introduc-
ing expensive materials or coatings. In the hydraulic pump, gears are a
key component, therefore the type of material used to make them and
the process of their production affect the operating parameters of the
pump. The article presents the results of tests of volumetric efficiency of
a water-supplied hydraulic pump with gears from a couple of materials
(PPS+GF40 and PEEK ) made by two methods: injection moulding and
machining. The results were compared with the plots for the pump with
gears from POM when working with hydraulic oil. The influence of used
materials and manufacturing methods on pump efficiency was discussed.

Keywords: Polymers · Composites · Gear pump · Injection
moulding · Machining

1 Introduction

Different fluids are used in hydraulic systems. The most common are mineral oils
from the HL group, but in some cases, non-flammable liquids are also used, e.g.
emulsions (HFA, HFB), glycol-based liquids (HFC) and other high water-based
fluids (HWBF). Water was a natural working fluid at the beginning of the devel-
opment of hydraulic systems, but the benefits of other liquids, primarily mineral
oils, limited its use. Currently, we observe the return to tap water as a working
medium. Main reasons are widespread accessibility and environmental neutral-
ity. The use of water, which is an aggressive agent for currently used materials,
requires to introduce appropriate protective coatings [1] or other materials, e.g.
stainless steel [2], which increase costs and are a barrier for the development of
this direction.

One way to overcome these disadvantages is to use plastics. Development
works on plastic components are carried out in many R&D centers. Research
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includes basic components such as pumps [3,4], actuators [5,6] and valves [7,8],
but also others, for example pipelines [9]. In this paper, an attempt was made
to answer the question, whether a hydraulic pump with plastic gears designed
for working with oil can be used directly with tap water and what operating
parameters can be expected due to the lower viscosity.

2 Hydraulic Systems from Plastics

The use of plastics in hydraulic systems has many advantages, which authors
divide into designing, technological and economical. At the same time, they
draw attention to limitations related to strength and stiffness, variability of
properties and waste management [10]. Difficulties in modelling the impact of
external factors on the material mean that research directions include both the
use of basic polymers and the development of composites. Researchers modify
polymers to achieve specific properties using chemical methods such as chain
length change [9] and physical - by choosing the composition of additives [11].
They are also looking for structural composites using carbon and glass fibres in
various forms [5] and using designing measures [12].

Three methods of manufacturing hydraulic elements from plastics can be
pointed out: machining processing [10], injection moulding [8] and additive meth-
ods [7]. Machining ensures the best geometrical parameters of the manufactured
elements, which affects the high hydraulic parameters of the systems. However, it
is expensive and not cost-effective with industrial application. The most advan-
tageous method of producing plastic components is injection moulding, which
requires many components to get a low price. Geometric accuracy depends on
the selection of proper process parameters. The choice in between are additive
methods that allow us to get different shapes [13] while keeping a low price for a
smaller number of made elements. However, there are problems with the rough-
ness (surface finish) of such components, which often limit their use in hydraulic
drives.

One of the key elements necessary to generate energy in the hydraulic system
is a hydraulic pump. For a plastic gear pump, gears [12] and bodies [14] and their
deformations are very important. Water, in addition to numerous environmen-
tal benefits over hydraulic oils, has the major drawback of being low viscosity
(Table 1). The difference in density does not play a significant role, as it only
increases the mass of liquid in the system. In contrast, the viscosity of water is
over 150 times lower than oil at θ = 25 ◦C. When changing oil to water, one
should take into account the increase of leakages and decrease of volumetric effi-
ciency. Lower water viscosity also limits the formation of a lubricating film in
rotary joints and can increase friction.
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Table 1. Selected parameters of oil and water at temperature θ = 25 ◦C [15].

Fluid Hydraulic oil Water

Designation HLP-68 Tap water

Viscosity (mm2/s) 150 0.89

Density (kg/m3) 870 997

3 Object of the Study

A hydraulic pump with cycloidal gears made of plastics, which is shown in Fig. 1,
is discussed in this paper. A set of gears is formed by an external 4 and an internal
5 toothed gear. Gear 4 is located on the input shaft 6 and fixed with three keys
7, and wheel 5 is placed in a ring in the aluminium body 2. The pump does
not include leakage compensation, therefore the discharge space in body 2 is
limited directly by two covers: the front cover 1 and the rear cover 3. Gears 4
and 5 rotate and pump the liquid between the ports made in the rear cover 3 –
from the input port (IN ) at the pressure of p1 to the output port (OUT ) at the
pressure of p2.

Fig. 1. Tested gear pump: a) cross-section [16,17], b) view of the pump with an example
gear set; 1 – front cover, 2 – body, 3 – rear cover, 4 – external toothed gear, 5 – internal
toothed gear, 6 – input shaft, 7 – keys, 8 – shaft seal, 9, 10 – static seal

External leakages are limited by static seals 9 and 10 between the body and
the covers and a set of lip seals on the drive shaft 8. An internal channel is made
in the pump body to drain leaks to the input channel (IN ).

The gear sets made of plastics were installed in the tested pump. All sets
consist of a 6-tooth external gear and 7-teeth internal gear (Fig. 2). They were
made of two materials: gears (a) are made of a composite based on polyphenylene
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Fig. 2. Tested gear sets; injected: a) PPS+GF40, b) PEEK, machined: c) PEEK

sulphide with 40% glass fibre (PPS+GF40 ), gears (b) and (c) of poly(ether)-
etherketone (PEEK ). Two methods were used to manufacture the gears: (a) and
(b) were made using injection moulding, and set (c) was made by machining.

Materials for the gears were selected based on the analysis of [16] taking into
account the basic criterion, which is the use in systems with hydraulic oil. In
addition to the required parameters Re and stiffness E, the absorption of oil,
water from oil and the friction coefficient are important as well (Table 21). The
density and water absorption of all materials are similar. The addition of glass
fibre means that PPS+GF40 has the best mechanical parameters (Re and E). In
terms of stress, PEEK is not much weaker. However, it should be remembered
that the share of glass fibre limits the use of such modified polymer due to
friction and wear.

Table 2. Selected parameters of materials of tested gears (average values according to
the manufacturer’s catalogue [18]).

Parameter (unit) POM-C PPS+GF40 PEEK

Density (kg/m3) 1.41 1.65 1.32

Modulus of tensile elasticity E (GPa) 3.0 14 4.0

Tensile Strength, Yield Re (MPa) 68 185 110

Water absorption (%) 0.2 0.0 0.2

Friction coefficient (dynamic) 0.46 – 0.44

4 Test Stand

Figure 3 shows the test stand. The pump 1, driven by the electric motor 2,
supplies water through the flow control valve 3 to the tank 5. The valve 3 is
used to change the fluid flow resistance in the pump delivery line and to control

1 Density was determined according to DIN 53479, modulus of elasticity and stress at
the yield limit according to DIN EN ISO 527, moisture absorption at saturation at
23 ◦C, 50 % relative humidity according to DIN EN ISO 62 [18].
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the flow rate Qp. The change in flow rate Qp results in a change in pressure p2
loading the pump. The pressure relief valve 4 works as a safety valve. The flow
rate Qp was measured with the flow transducer 7 and the pressure p2 in the
output line was measured with the pressure transducer 6. The input pressure p1
was not measured and was assumed to be p1 = 0MPa. The rotational speed of
the pump np was changed in the control system 9 of motor 2 in a certain range.
The operating fluid temperature θ was measured by a temperature transducer
8 and maintained by an additional temperature control system. Figure 3b shows
additional equipment such as the filter 10 and the cooling and heating system
11 for controlling the temperature of the fluid.

Fig. 3. Test stand: a) diagram of the hydraulic system, b) view of the stand; 1 –
pump, 2 – electric motor, 3 – flow control valve, 4 – pressure relief valve, 5 – tank with
additional equipment, 6 – pressure transducer, 7 – flow rate transducer, 8 – temperature
transducer, 9 – electric motor control system, 10 – filter, 11 – temperature control
system

Standard for testing hydraulic pumps [19] requires measurement of the input
p1 and output p2 pressure at a certain distance from the pump ports along the
flow line. The conducted tests omitted the measurement of the input pressure
p1 and the distance from the pump to the measuring point of pressure p2 was
increased due to the lower viscosity of the fluid (Table 1) and the resulting lower
pressure drop. It was clearly stated that the characteristics were determined in
relation to the delivery pressure p2, and not the pressure difference Δp = p2−p1.
During the tests, due to the structure of the pump body (Fig. 1), no internal
leakage Qint was measured. It was determined using the indirect method after
tests. Parameters of accessible transducers, that can work with tap water, are
shown in Table 3.
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Table 3. Parameters of transducers.

Quantity Symbol Accuracy Full scale

Temperature θ ±2 K 125 ◦C

Pressure p2 ±0.05 MPa 10 MPa

Flow rate Qp 2% 60 lpm

Rotational speed np ±2 rpm 6000 rpm

5 Results and Analysis

The purpose of the research was to determine the volumetric efficiency ηv and
indirectly determine the flow rate of internal leaks Qint as a function of the
outlet pressure p2. The tests were carried out according to the full factorial
plan (Table 4) by changing the pressure p2 and the pump speed np. The tem-
perature was kept in the range of (24–27) ◦C. Three samples were taken at each
measuring point and the mean value was calculated. All characteristics relate
to the output pressure p2. Due to the instability of the pump (low volumetric
efficiency), some measuring points were omitted.

Table 4. Measuring points according to the full factorial plan.

Parameter Symbol Measuring points

Pressure (MPa) p2 0.05, 0.1, 0.15, 0.2, 0.3, 0.4, 0.6, 0.8

Rotational speed (rpm) np 750, 1000, 1500

Based on measurements Qp and p2, the volumetric efficiency ηv was deter-
mined from the relationship

ηv =
Qp

Qth

with the theoretical efficiency Qth

Qth = qth · np (1)

taking into account the theoretically determined value of the derived capac-
ity qth.

Internal leakage flow rate Qint was calculated as a difference between the
theoretical flow rate Qth calculated from the formula (1) and the actual flow
rate Qp

Qint = Qth − Qp

In this work, in terms of comparison of different gear sets (with different
dimensional deviations from nominal values) the common value qth = 10 cm3/rev
indicated in the publications [14,20] has been used. Plots also include the results
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of the research presented in [21] for gears made of POM (Table 2) and working
with oil HLP-68 (Table 1) within a range up to 1 MPa. The authors used the rec-
ommendations of the standard [22] to determine the theoretical derived capacity
qth. Due to the different methodology for determining the volumetric efficiency
ηv when presenting plots, the efficiency values were recalculated. It resulted in
lower volumetric efficiency of the pump with gears with POM than the authors
presented in [21].

During the tests, any external leakage was observed, but some problems with
the sealing of the input shaft occurred. An increase in temperature was observed
in the area of cooperation of the shaft 6 (Fig. 1) with the sealing ring 8. The
shaft made of steel had lower temperature in the place of contact with water
(working medium) than in the area of cooperation with the rotary shaft sealing
ring and in the place of coupling attachment. The temperature of this joint was
not measured, but observed only and compared to other pump components.

Figure 4 shows the volumetric efficiency of the pump ηp with gears made
of different materials as a function of the outlet pressure p2 for the rotational
speed np = 1500 rpm. The volumetric efficiency of the pump ηv when work-
ing with water is less than for oil (at p2 = 0.4 MPa ηv = 0.827 for oil and
ηv < 0.704 for water). The differences are observed in the whole range of oper-
ating (p2 ≤ 1.0 MPa), which is related to the lower water viscosity ν. The
volumetric efficiency for PPS+GF40 decreases from ηv = 0.464 to ηv = 0.104
at p2 = 0.4 MPa. For gears with PEEK-mach it is the range 0.802−0.543 at
p2 = 0.8 MPa, and for gears with PEEK it is 0.617 − 0.236 at p2 = 0.6 MPa.
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Fig. 4. Pump volumetric efficiency ηp as a function of outlet pressure p2 for gears made
of different materials for constant speed (np = 1500 rpm)
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Comparing the gears from PEEK and PPS+GF40 we observe that the
strength of the materials does not play here an important role. The latter are
more durable (Re = 185MPa) relative to the gears from PEEK (Re = 110MPa)
(Table 2), but the efficiency is lower. This may be due to shrinkage, which demon-
strated to be larger and resulted in greater clearances, despite the use of glass
fibre. Comparison of the gears from PEEK shows that the method of manufac-
turing is more important for dimensions than material. Machining ensures better
stability of axial and radial dimensions of gears.

Similar conclusions result from the analysis of Fig. 5, which shows the depen-
dence of the internal leaks of the pump Qint as a function of the outlet pressure
p2 for different materials at pump speeds np = 1000 rpm and np = 1500 rpm.
When comparing leaks for water, it is noticed that they are many times larger
than for oil. With gears from PEEK-mach the difference is small – approx. 35%
(Qint = 2.46 lpm for POM relative to Qint = 3.32 lpm for PEEK-mach at
p2 = 0.2 MPa), but with gears from PEEK and PPS+GF40 it exceeds 100%,
and is even many times larger (Qint = 10.7 lpm for PPS+GF40 ). Considering
the difference in viscosity of liquids, however, it should be noted that the differ-
ence in internal leaks is smaller than that resulting from the viscosity ratio of
the liquids themselves. This may be related to the method of determining the
theoretical derived capacity of the pump qth, which has been overestimated or
by large gaps in the gear sets at which viscosity no longer plays such a role. Due
to the course of the graphs, it can be concluded that leaks are independent of
the strength and stiffness of the material.
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Fig. 5. Flow rate of the pump internal leakage Qint as a function of the outlet pressure
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materials
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The effect of the utilised material on volumetric efficiency can be seen in
Fig. 6. In the case of POM, the difference in volumetric efficiency ηv is clearly
smaller than for other materials. The volumetric efficiency is ηv = 0.836 at
p2 = 0.2 MPa. At p2 = 1.0 MPa it is in the range of 0.723−0.793 depending
on speed. For gears from PEEK-mach, the initial value is similar to gears from
POM (ηv = 0.766 at p2 = 0.1 MPa). The increase in pressure causes a sig-
nificant decrease in efficiency, which with increasing pressure is strongly depen-
dent on the rotational speed from ηv = 0.340 to ηv = 0.586 at p2 = 0.8 MPa.
The biggest differences are observed with the injected gears from PEEK and
PPS+GF40. In addition to lower initial efficiency (ηv < 0.617 for PEEK and
ηv < 0.464 for PPS+GF40, we observe a significant decrease in efficiency as
pressure increases p2. At a speed of np = 750 rpm, the pump cannot operate at
pressure p2 > 0.2 MPa (ηv < 0.1). Also this plot indicates no significant dif-
ferences between materials cooperating with water (PPS+GF40, PEEK ). The
biggest difference is related to the hydraulic fluid (POM ) and to the use of gears
made by machining (PEEK-mach).
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Fig. 6. Pump volumetric efficiency ηp as a function of outlet pressure p2 for gears made
of different materials for several speeds (np = var)

In Fig. 7 has been presented the volumetric efficiency of the pump ηp as a
function of the outlet pressure p2 at different speeds np = var for gears made of
different materials. The pump with gears from PPS+GF40 and PEEK works in
a limited range (p2 < 0.2 MPa) at a speed of np = 750 rpm. Only the increase in
speed to np = 1500 rpm allows to reach the working pressure p2 > 0.4 MPa. With
machined gears from PEEK-mach, the pump works stably up to p2 = 0.8 MPa.
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Fig. 7. Pump volumetric efficiency ηp as a function of outlet pressure p2 at different
speeds (np = var) for gears made of different materials

6 Summary and Conclusions

The hydraulic pump designed to work with oil can also work with water. The
aluminium body and plastic wheels are water-resistant. The input shaft is made
of carbon steel without any additions or coatings to work with water, but the
tests were carried out for a short period, without affecting corrosion processes.
Further works should include the change of shaft material to water-resistant, e.g.
stainless steel. Other requirements should also be considered for work with fluid
with non-oil properties (e.g. viscosity, aggressiveness).

The volumetric efficiency of the pump when working with water is less than
when working with oil (e.g. ηv = 0.827 and ηv = 0.710 at np = 1500 rpm and
p2 = 0.4 MPa). Water has a lower viscosity, which increases internal leakage
and reduces volumetric efficiency. This indicates the need to reduce radial and
axial gaps by means of design (compensation of axial clearness) or technological
measures (improving the quality of gears).

When choosing gear material, we need to pay attention to the parameter
determining the water absorption, which is important for tap water, but also for
oil in which minimum amounts of water may occur (up to 0.2%). In tests, lower
efficiency of the pump with gears from PPS+GF40 with the lowest absorption
coefficient was observed, but the impact of the manufacturing method on leaks
could not be separated.

Changing the material and increasing strength does not significantly affect
the volumetric efficiency of the pump (e.g. ηv = 0.342 for PEEK and ηv = 0.104
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for PPS+GF40 at np = 1500 rpm and p2 = 0.4 MPa). At low operating pressure,
the strength and stiffness of the gears, depending on the material, do not play
a significant role. The injection moulding of gears is marked by a significant
difference in radial and axial dimensions. This is related to the dependence of
the final dimensions on the established injection parameters, on after-injection
shrinkage (up to 24 h), and on secondary shrinkage as well.

Machining the gears, resulting in smaller gaps, significantly reduces leaks
and increases the pump volumetric efficiency (e.g. ηv = 0.177 for gears made by
injection and ηv = 0.658 for gears made by machining with np = 1000 rpm and
p2 = 0.3 MPa).

Striving to increase the accuracy of injected gears by optimising process
parameters, improving the design solution, and technology of gear with adapta-
tion to the injection process is recommended. The introduced changes will allow
to obtain a better shape and surface and limit the impact of the manufacturing
method, e.g. shrinkage, on the size of axial and radial clearances. The use of
liquids with a lower viscosity than oil requires greater accuracy.

Unfavourable cooperation of the rubber seal (NBR) with the steel shaft in the
rotary joint was observed. Water has weaker lubricating properties (e.g. viscos-
ity), which increases the requirements for seals. It is worth to consider changing
the seal to not requiring the formation of a lubricating film, as with hydraulic oil,
by introducing a different design solution or by using other materials to enable
the seals to work with water.
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5. Lubecki, M., Stosiak, M., Leśniewski, T.: Comparative studies of tribological prop-
erties of selected polymer resins for use in hydraulic systems. Bimonthly Tribologia
6(288), 31–37 (2019). https://doi.org/10.5604/01.3001.0013.7764
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Abstract. In the paper results of experimental tests on multi-plate wet clutch
torque capacity for various diameters and numbers of friction plates are presented.
Construction of an apparatus for laboratory tests of wet clutch engagement, drag
torque and maximum torque is shown. Methodology of maximum torque capacity
experiment and hydraulic circuit diagram, which supplies a motor and an actuator
for the experiment are described. Analytically calculated values of torque capacity
are compared to results obtained with laboratory tests. Additionally, the article
includes FEM analysis, that was used to obtain pressure distribution on every
friction surface in relation to force applied to the assembly and to determine
differences in these distributions. The analysis has helped to determine a mean
radius of sliding interface on each surface and to compare their values to other
plates and to result calculated analytically. A diagram is shown in the article, that
demonstrates pressure concentration as a function of number of friction surfaces.

Keywords: Multi-plate clutch · Friction · Experiments

1 Introduction

Asa result of increased use of automatic transmissions in heavymachinery like tractors or
telescopic handlers in recent years, it is needed to gain knowledge about effects occurring
in a wet clutch in relation to number and dimensions of friction plates and their influence
on torque transmitted by the assembly. It would facilitate design of adequate assembly,
that fulfils crucial requirements such as short time of engagement and disengagement,
sufficient torque capacity, low inertia and drag torque, durability i.e.

Multi-plate wet clutch is a friction clutch with multiple friction plates. Growth of
number of friction plates allows to transmit higher torque compare to clutch with only
one friction plate. Typical multi-plate construction is shown in the Fig. 1. Working
principle is based on applying clamping force into friction and separator plates. It causes
engagement of the clutch and transmitting torque between two elements due to friction
occurrence. Problems with multi-plate clutches relate to deformation of friction and
separator plates, as well as blocking and pressure plates [2–4]. Additionally friction
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appearing on connections between shaft and friction plates and separator plates and hub
reduce clamping axial force [5, 6].

In this paper study of wet clutch performance, capacity etc. in function of various
dimensions of friction plates and their number is presented. Additionally, numerical
approach is presented. FEM analysis was used to obtain value of mean radius and to
compare it with result obtained by analytical equation.

Fig. 1. Multi-plate wet clutch [1].

2 Experiments

Many series of experiments were conducted on designed wet clutch test stand. They
were performed in order to collect all the crucial data such as angular velocity, torque,
displacement of a hydraulic piston and pressure in its chamber, temperature of lubricating
oil. It is essential to measure physical quantities mentioned in previous section as a
function of time, to accurately determine relation between them [7].

2.1 Test Stand

The designed test stand allows to study drag torque, time of engagement or disengage-
ment, maximum torque capacity and durability of the clutch. Versatility of the device is
its main advantage. The designed apparatus enables experiments with parameters pre-
sented in the Table 1. It is possible to use two different hydraulic motors, GMS-100 and
GMT-250 [8]. It enhances the experimental ability, due to increased rotational velocity
possible to achieve by GMS-100, while GMT-250 allows higher torque, because of its
higher displacement. Typical diameter ratio between internal friction diameter Di- and
outer friction diameter Do, shown in the Fig. 1, in cars and heavy machinery is between
0.6 and 0.8. While, in relation to the data presented in the Table 1, it is easy to notice
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Table 1. Test bench range of parameters.

Range Unit

Drive shaft angular
velocity

0–900 (GMS-100)
0–500 (GMT-250)

rpm

Torque 0–250 (GMS-100)
0–400 (GMT-250)

Nm
Nm

Normal force 0–31000 kN

Maximum outer
diameter

134 mm

Minimum internal
diameter

36 mm

that the test rig allows to conduct experiments with ratio even less than 0.3. Also, test
stand enables to examine various friction lining materials.

In the Fig. 3 test stand is presented. The torque transmitted by the clutch is measured
by torque transducer, that also couples hydraulic motor shaft with the apparatus shaft.
The apparatus works as a multi-plate brake, where the hub is stationary, connected to
foundation, while the shaft rotates with friction plates. Separator plates are mounted in
the hub, alternately with friction plates (Fig. 2). The test rig allows conducting various
experiments such as:

• measurement of engagement or disengagement time,
• measurement of maximum torque transmitted by the clutch assembly,
• drag torque measurement,

with combinations of different number and dimension of friction and separator plates.
The torque transmitted by the clutch depends on axial force generated by the hydraulic
actuator, number of discs and their dimensions. Axial force is applied by the piston to
the pressure plate. If the normal force occurs, it clamps friction and separator plates,
hence the clutch is engaged.

Fig. 2. Internal and outer friction diameter.
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Fig. 3. Test rig: 1-shaft, 2-blocking plate, 3-cover, 4-hub, housing, 5-friction plates, 6-piston,
7-pressure plate, 8-package of disc springs, 9-position sensor holder, 10-cover, 11-position sensor
tappet.

Hydraulic circuit that supplies hydraulic actuator and motor is shown in the Fig. 4.
During maximum torque capacity experimental tests following procedure was valid.
First, pressure p1 was adjusted. Then, set-up of SV2 valve was slowly increasing, till
occurrence of slippage, which means that torque capacity of the clutch was exceeded.
After the described cycle, the process continued further but with increased adjustment
of SV1 valve.

Axial force applied to the plates package is determined by pressure in actuator
chamber and varies as a function of set-up of pressure relief valve SV1. Angular velocity
of hydraulic motor is set by two port adjustable flow control valve. Maximum torque
appearing on hydraulic motor shaft depends on adjustment of pressure p4. All the signals
from the sensors were recorded by Hydac HMG 4000.
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Fig. 4. Hydraulic circuit: P-pumps, SV-safety valves, RV- relief valve, BV-ball valve, FCV-
flow control valve, p-pressure transducers, F-filters, HM-hydraulic motor, A-actuator, Temp-
temperature transducer, H-clutch, T-torque transducer, n-angular velocity sensor, E-electric
motor.

2.2 Experimental Results

In relation to construction of a test rig it is obvious, that normal force applied by the
piston to the pressure plate depends on pressure in the cylinder and force generated
by deflected package spring of disc springs, hence piston position. For this reason it is
necessary to gain a knowledge about springs characteristic, as well as axial load as a
function of pressure. Both springs package and axial force tests were carried three times
to receive reliable, accurate data. Those information allows to accurately calculate real
clamping force. The obtained results are presented in Fig. 5a) and 5b). Package of the
springs were tested on compression testing machine. The operation mentioned above is
presented in Eq. (1):

Fa(p, s) = Fp(p)− Fs(s) (1)

whereFa(p, s) is axial load applied to the pressure plate,Fp(p) is normal force generated
by pressure acting on piston area as a function of pressure p and Fs(s) is force generated
by spring as a function of their deflection s.

As presented in literature [6], clutch assembled by increased number of friction
and separator plates transmits lower torque in relation to initial value than it could be
as calculated with analytical equation, with proportionally higher number of friction
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Fig. 5. Diagrams: a) characteristic of a spring package, b) axial force as a function of pressure in
actuator chamber.

surfaces. A correction coefficient used in analytical calculation significantly reduces
maximum torque.

Series of experiments were conducted on the test stand to study impact of number of
friction plates on torque transmitted by the clutch. To compare, in following diagrams
are shown torque capacity characteristics obtained both experimentally and analytically
without including correction coefficient. For analytical calculation static friction coef-
ficient of steel-steel connection was assumed as equal 0.05, which is minimum value
given in literature [6, 9]. In Fig. 6 diagrams relates to diameters ratio equal 0.7, while
in Fig. 7 applies to ratio equal 0.8. For both situations internal diameters are the same.
In both Figs. 5 and 6 in three out of four diagrams experimental maximum torque is
higher than analytical result, which means that friction coefficient have higher value
than established in calculations.

Fig. 6. Torque transmitted by a wet clutch, plates with diameter ratio equal 0.7.
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Fig. 7. Torque transmitted by a wet clutch, plates with diameter ratio equal 0.8.

3 Finite Element Method Analysis

Due to crucial influence of pressure distribution on contact surfaces on clutch perfor-
mance and durability, it is essential to have an insight into the distribution as a function
of number of friction and separator plates [2, 10].

3.1 Model

In the Fig. 8 model of the clutch is presented with supports and applied load. The
presented model consists of 331739 elements, with number depending on number of
friction and separator plates used in simulations.

3.2 FEM Results

Results of FEM analyses shows pressure concentration appearing on relatively small
diameter equal to internal diameter of friction annulus area. Additionally, maximum
values differ for every friction surface. It confirms both analytical and numerical anal-
yses conducted in the past by various authors. For better understanding, the effect is
shown in the Fig. 9, with comparison to friction plate used in tests. It is observable on
the real friction plate that area with intensified wear match to area of pressure concen-
tration estimated by numerical analysis. The effect of unequal pressure distribution is
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Fig. 8. Model of the clutch for FEM analysis: A-fixed support, B-axial force, C-elastic support,
D-displacement (constrained perpendicular to the clutch axis).

considerably disadvantageous, and significantly reduces possible axial force that clamps
the assembly.

In relation to the FEM analysis shown in the Fig. 10, it is noticeable, that number
of friction surfaces greatly influence on maximum value of pressure on contact sur-
face. With increased number of friction plates the pressure concentration obtain lower
value, which corresponds to stiffness of the clutch package. A reason for the effect is
that low number of plates in more influenced by pressure plate deformation. Package
with more plates involved, more efficiently compensate impact of the deformation on
pressure distributions. Effect of unequally distributed pressure is also found in relation
to different thicknesses of plates. Thicker plate sustain less deformation, hence pressure
on its surfaces is more equal.

Fig. 9. Comparison of maximum contact pressure: left side-real friction clutch after maximum
torque capacity experiment, right side-numerical result of contact pressure distribution on friction
surface.
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Fig. 10. Maximum contact pressure as a function of number of friction surfaces.

3.3 Mean Radius Comparison

Mean radius by definition is equal to torque transmitted by the friction on particular
friction surface, divided by multiplication of friction coefficient and axial force applied
to the clutch assembly.

Numerical analysis enables to calculate mean radius and compare its value to an
effective mean radius, when it is assumed that pressure is equally distributed on friction
surfaces. The two dimensions are compared in the Fig. 11, as a function of no. of
friction surface, where friction surface number 1 is the closest to the pressure plate. It is
observable, that analytical value is higher than numerically obtained.Disadvantage of the
result is torque capacity for specified friction coefficient is lower than established with
calculation. Also, for the first three friction surfaces mean radius obtained numerically
decreases, but for further surfaces its value consequently increases.

Fig. 11. Comparison of numerically and analytically obtained mean radius.
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4 Conclusions

In the article construction and parameters of the test stand were presented. Influence
of varying number of friction plate on pressure distribution and concentration was
described. Conducted experiments and FEM analyses showed that number of friction
plates greatly impacts pressure concentration and mean radius, which value is within the
range1–1.6mmlower than analytically calculated.Experimental test revealed that torque
capacity of a multi-plate clutch is for most cases, significantly higher than analytically
calculated for the minimum value of static friction coefficient. The results demonstrates
considerable impact of number of friction plates on clutch behaviour, what will be a
subject of future research carried by authors.

Conducted numerical simulations has achieved satisfactory agreement with experi-
mental results, which proves that established boundary conditions are correct. Further-
more, it is reasonable to use FEM in future research.

Further studies will be aimed to determine universal mathematical expression
describing pressure distribution and mean radius as a function of number of plates.
Additionally, other laboratory tests will be performed to investigate multi-plate clutch
performance and effects occurring in the assembly.
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Abstract. The proposed material presents the results of experimental and theo-
retical studies of the hydrodynamic mechanism for the development of secondary
circulating flows in spherical geometry tanks as applied to the tasks of ensuring
flight stability and effective controllability of a spacecraft at near-Earth orbit. It has
been established that secondary flows arising in the reservoir meridional planes
have the form of circulations (one or several) and are capable to influence the
distribution of velocity vector components—azimuthal, radial, and meridional.

In turn, the hydrodynamic picture of the three-dimensional flow significantly
affects the distribution of force effects from the liquid to the tank walls and the
internal guiding baffles, which provides the basis for their more accurate calcula-
tion and accounting in the onboard software package of the spacecraft. Noticeable
differences between the experimental results and theoretical data obtained by other
authors are established.

The velocity profiles constructed from the measurement results give a com-
plete three-dimensional picture of the hydrodynamic mechanism for the circula-
tions development and their effect on the circular torque or pressure distribution
on the radial damping baffles.

Keywords: Spacecraft · Spherical tank · Velocity · Circulation · Damping
baffles · Polynomial approximation

1 Introduction

The technological development of the leading countries of the world offers new global
challenges for the wider exploration of outer space, not only near the Earth, but also
deep space. Promising designs of spacecraft that implement the tasks set are higher
requirements for reliability, controllability, flight duration, as well as environmental
safety.

Currently, oxygen, hydrogen, as well as kerosene, heptyl and others are the
widespread fuel types for spacecraft. During the operation of spacecraft propulsion sys-
tems, one of instability sources is the uncontrolled fuel flows in tanks. Forceful effects
on the spacecraft design from the fluid moving in tanks under the influence of inertia
forces can significantly affect the flight trajectory and regime [1].
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Compensation of such disturbances is carried out by a special orientation and sta-
bilization system of spacecraft, during the operation of which fuel is consumed, whose
reserves in flight are strictly limited. Therefore, efficient and reliable control of the
spacecraft with the rational fuel use will allow solving several technically complex
problems: to predict possible types of instabilities during the flight, reduce fuel flow-
rate, increase flight reliability and controllability of the spacecraft, as well as increase
their environmental safety.

One type of fluid flow on board is its rotation around the axis and associated viscous
friction on the tank walls and the dynamic pressure on the internal damping baffles.
Therefore, studies of such flows seem to be very relevant.

2 Formulation of the Problem

For laboratory studies of the hydrodynamic processes in the spacecraft fuel tanks at
various stages of flight, the creation of special experimental stands and procedures for
flight conditions modeling is required. This allows, taking into account the well-known
and special similarity criteria, to study the features of liquid fuel flows and to develop
effective methods for the influence compensation of these destabilizing factors [2].

To ensure a rational layout of the spacecraft propulsion system, the spherical shape of
the reservoir is widely used in the structures. The sphere and its modifications (spheroid,
lentil), schematically presented in Fig. 1, allow the most efficient use of the space inside
the spacecraft.

z

xy 

1

v

u

w

Fig. 1. Options for the performance of spacecraft fuel tanks: a - spheroidal, b - spherical, c –
lentil; 1 – crescent near wall baffles; velocity vector components: u – azimuthal; v – radial; w
– meridional

The construction of a physical model of the liquid fuel flows in a spherical tank was
implemented on the basis of experimental centrifuge-type stand in the hydrodynamics
laboratory of NTUU “Igor Sikorsky KPI”, the general view and structural diagram of
which are shown in Fig. 2. The standmain objective is to provide a wide range of angular
velocities of themodel tank around the vertical axis and their sharp changes, for example,
start or braking of rotation.

A rotary Table (2) is mounted on the power bed (1) of the stand with the possibility
of rotation around the vertical axis, on which the frame (3) is mounted. In the frame
there is a model tank (4) with liquid, on which velocity sensors (5) are installed, which
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Fig. 2. An experimental “centrifuge” type stand for rotating flows modeling: a) a schematic
diagram; b) model tank in a power frame: 1 - power bed; 2 - rotary table; 3 - frame; 4 - tank model;
5 - precision clamps of velocity sensors; 6- rotating contact device; 7 - torque measuring device.

are included in the electronic measurement and recording system associated with the
stand with using a rotating contact device (6).

The schematic diagram of hydraulic drive is shown in Fig. 3. It contains an axial
piston pump (1) with a flow control system (2), a distributor (3) with electromagnetic
control, a hydraulic motor (4), the shaft (5) of which is rigidly connected to the rotary
table of the stand. Theworking pressure in the hydraulic system sets by pressure regulator
(6).

To expand the possibilities of experimental measurements, the design of the dis-
tributor (3) provides reverse rotation of the hydraulic motor shaft (3) in the range of
angular velocities from 0.05 to 0.5 1/s. In addition, due to the principle of flow stepwise
regulation in the hydraulic system, the drive control panel provides a fairly quick change
in angular velocities within 0.1–0.3 s and good repeatability. The kinematic scheme of
the stand and the pump supply allows you to get the rotation speed of the turntable in
the range of ±5.0 r/s with an error of the order of 1.5–2.7% [2, 3].

The experimental procedure is as follows. After acceleration of the model fluid to
solid-state rotation with the tank (this is indicated by zero readings of the hot-wire
anemometer velocity sensors), a command is sent from the control panel to brake the
rotary table while turning on the measuring and recording equipment. Measurements by
velocity sensors at various points of the flow allow you to build a velocity field in a tank
specific section and establish the dependence of the velocity components on the flow
time.
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Fig. 3. Hydraulic circuit of the rotary table rotation drive: 1 – pump; 2 – adjustable throttle; 3
– distributor; 4 – hydraulic motor; 5– stand drive shaft; 6 - pressure regulator.

3 Analysis of Flows Modeling Results

The force effects on the walls and internal damping devices of model were determined
using device 7 (Fig. 2). To eliminate the influence of friction forces in the upper and
lower bearings, the principle of unloading the rotation axes was used.

To simulate flows in the laboratory, the Navier-Stokes equations and criteria dimen-
sionless complexes were used, for example, Reynolds numbers (2), Rossby numbers (1),
and others. The weight contribution of the equation terms characterizing the rotational
motion is determined as follows

Ro = Finertia

Fcoriolis
= |u∇u|

2|� × u| = u

2�R sin θ
; (1)

Re = Finertia

Fvisco
= 2|� × u|

∣
∣ν∇2u

∣
∣

= �R2Sin θ

ν
, (2)

where: R – sphere radial coordinate, m; � - sphere angular velocity, 1/sec; θ – angular
spherical coordinate; T – flow time, sec.

According to well-known expressions, the fluid viscous friction on the wall is
proportional to

Fvisco ≈ ρνuR2

δ
, (3)

where δ is the thickness of the boundary layer (in our case, a wall inhibited flow).
The Fig. 4a shows the results ofmeasuring the peripheral component u of the velocity

vector of the inertial fluid flow in a model sphere with a diameter of 0.3 meters, which
shows the exponential nature of velocity attenuation in time of the transient flow, which
can be approximated by the expression:

u = A · e−Bt, (4)
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Fig. 4. The measurement results of the velocity vector azimuthal component u/V: a) depending
on the transition process time T at various distances to the rotation axis; b) velocity profiles in the
sphere equatorial plane for various decay time T.

where the proportionality coefficients A and B vary respectively in the range of A =
0.0196–0.0473, B = 0.0173–0, 0454.

Figure 4b shows the velocity profiles depending on the distance R from rotation axis.
The curves extremes at R = 0.12–0.14 m indicate the existence of a certain boundary
for the interaction of the near-wall flow, where the influence of viscous diffusion R =
0.13–0.15 m, as well as a quasi-solid flow in the region R= 0–0.13 m, where the inertial
properties of the main flow [4]:

Ro = a0 + a1 · R + a2 · R2 + a3 · R3 + a4 · R4, (5)

where: ai are the proportionality coefficients, which vary within the limits a0 =
0,0002−0,0004, a1 = 0,111−0,185, a2 =−3,3−4,97, a3 = 47,7−66,1, a4 =−199−268.
In this case, estimating the weight contribution of the equation terms, the equation term
a0 can be neglected.

Determination of the convergence interval of a power series reduces to the Leibniz
criterion application for alternating polynomials, which provides for a decrease in partial
sums with increasing degree of the polynomial. In this case, these values increase, which
indicates the limited convergence interval. As the time of the transition process increases,
the polynomial estimation of the peripheral velocity u diagrams is somewhat simplified
and reduces to the equations of the third and then second order:

Ro = 0, 0002 − 0, 01 · R + 0, 926 · R2 − 5, 49 · R3, (6)

Ro = −0, 0004 + 0, 042 · R − 0, 254 · R2, (7)

moreover, the free terms a0 = 0.0002 and 0.0004 can also be neglected due to their
smallness.
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The order decrease of the equations can be explained by the significant influence of
viscous dissipation, which for large values of the flow time extends to the predominant
space part, where laminar velocity profiles are already formed. Navier-Stokes equations
for a rotating flow can be represented in vector form:

∂u

∂t
+ u∇u = − 1

ρ
∇p − � × (� × r) − 2� × uR + v∇2u, (8)

where the local and convective accelerations on the equation left side are balanced by
the terms on the right side � × (� × r)- the centrifugal inertia forces, 2� × uR- the
Coriolis forces present in rotating flows, 1

ρ
∇p - the radial pressure gradient, ν∇2u -

viscous friction forces.
Measurements of the meridional component w of the current velocity vector made

it possible to obtain the distribution of circulation velocities shown in Fig. 5. In the
measurements, the coordinate angle θ = π/6, π/3 and π/2, as well as the distance R to
the sphere center, were changed.

Fig. 5. Meridional velocity w/V profiles when one circulation occurs at Re0 = 1200: a – T =
0.42; b – T = 5.4.

A curves (Figs. 4 and 5) analysis make it possible to determine the characteristic
sections (zones) of the meridional velocity w and set the coordinates of the circulation
center (Fig. 5). For example, the velocity w diagram at θ = π/3 contains two asymmetric
zones, the left of which in the near-axis region of the sphere denotes the descending
flow from the sphere top to its center, and the right, in the wall region, the upward flow
[4]. As can be seen from the figure, the circulation center is located at a distance of R
= 0.75 and a coordinate angle θ = 400–470. In this case, the maximum values of the
descending and ascending branches of the secondary current differ 3.2 times, indicating
a fairly intense flow of the near-wall region and a slow, wi/�0R0 = 0.029, in the axial.

The approximation of a similar curve with two extrema increases the polynomial
order to the sixth and makes up an equation of the form

wi/�0 · R0 = A · R6 + B · R5 + C · R4 + D · R3 + E · R2 + F · R + G, (9)

where A = −34.8, B = 93.5, C = −92.8, D = 42.0, E = −8.34, F = 0.45 and G =
−0.0014. Due to the smallness of the coefficients F and G, we neglect them. Thus, we
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obtain such equation

wi/�0 · R0 = R2
(

A · R4 + B · R3 + C · R2 + D · R + E
)

. (10)

With an increase in the dimensionless decay time T= 10.4 of the azimuthal velocity
u, a shift of the circulation center to the rotation axis (to R = 0.69) and a decrease in
the peak values of the meridional velocity w are observed. Approximating the obtained
curve, we use a sixth-order polynomial with the coefficients: A = −13.2, B = 32.3, C
= −29.1, D = 12.2, E = −2.27, F = 0.063 and G = −0.0001. As in the previous case,
the last two terms of the equation can be neglected.

The effect of viscous diffusion at large flow time values also affects the merid-
ional flow development, reducing velocities, smoothing their peak values and even more
shifting the circulation center to the axis of sphere rotation. For example, at T = 11.3,
the meridional velocity plot will take the form shown in Fig. 5b. This curve can be
represented by a fifth-order polynomial

wi/�0 · R0 = B · R5 + C · R4 + D · R3 + E · R2 + F · R + G, (11)

where B = −2.51, C = 4.74, D = −2.82, E = 0.71, F = −0.12 and G = 0.0002. As in
the above cases, the last two members of the polynomial can be neglected.

4 Theoretical Background of the Circulations Study

According to the theoretical hypotheses of H. Greenspan [5], meridional flows in reser-
voirs can comprise not only single-circulation structures, but alsomulti-circulation ones.
Similar features of secondary flows, whose characteristic structures are presented in
Fig. 6, were experimentally installed using a system of precision hot-wire anemometric
transducers [4].

Fig. 6. The evolution of meridional circulations in a spherical tank during liquid inertial rotation:
a) Re = 1600–2140; b) Re = 2730–3840; c) Re = 4500−5180.

Moreover, an increase in the initial Reynolds numbers (Re0 = 1600–2140) led to
a fragmentation of the circulation - from one to two, then at Re0 = 2730–3840 - from
three to four, at Re0 = 4500–580 five to six circulation, etc. An interesting feature of
such formations is that, with a decrease in the instantaneous Reynolds numbers Rei,
the circulation intervals shift toward a decrease in Reynolds numbers. For example, the
transition from a 3-circulation structure to a 2-circulation structure occurred at Rei =
1520–2040, that is, �Rei = 80–100. In a numerical study of flows in a cylinder, Xinjun
C. [6] established an important property of circulation migration in the meridional plane.
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In our opinion, an important feature of the sphere circulations is their ability to
significantly affect the three-dimensional distribution of the azimuthal component u,
deforming the velocity profiles and reorienting the vectors of torque of viscous fluid
friction on the walls. Accurate determination of the correct direction of the power com-
pensation effect from the spacecraft can reduce the duration and increase the efficiency
of its work, to clarify the magnitude and exact direction of the circular compensation
moments.

The picture of azimuthal velocity distribution in the sphere equatorial plane should be
supplemented by the results of a numerical calculation of the liquid particles trajectories
in the tank meridional plane, which qualitatively correspond to the hypothetical graphs
of H.Greenspan’s [5] and are shown in Fig. 7.

Fig. 7. The trajectory of liquid particles during the attenuation of circulation in the sphere: a – 1
circulation, Re0 = 970; b – 2, Re0 = 1150; c – 3, Re0 = 1420.

A comparison of the circulation structure, as a result of numerical calculations with
known data, allows to conclude the mathematical model we adopted is correct in the
range of initial Reynolds numbers, Re0 = 700–12500. For example, the presence of one
circulation at Re0 = 970 (Fig. 7 a) corresponds to the predicted secondary structure, and
the formation of two circulations at Re0 = 1150 (Fig. 7 b) and three - at Re0 = 1420

(Figure 7 c) confirms the possibility of further crushing into smaller structures [4].
When modeling flows taking into account the axial symmetry of the problem, it is

necessary to verify the correctness of the model boundary and initial conditions based
on the Navier-Stokes equations. To do this, we examined the test problems of flow past
baffles in tanks with an infinitely large radius of surface curvature, the calculation results
of which are shown in Fig. 8.

For example, when flowing around a 6-element (Fig. 8) structure, where the baffles
are located at distances l= l0/R0 = 0.73–1.0, the dimensions of the tangled wake behind
the first baffle significantly exceed the distance at which the second baffle is separated
from the first

l = l + �l = 1, 25 . . . 1, 42 · l0, (12)

therefore, it can perceive only some part of the flow dynamic pressure [3]. Thus, the
effectiveness of a baffle series is reduced, and to increase its influence, the baffle should
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Fig. 8. Contour images of circulations in the wake of continuous adjacent baffles at Re0 = 920
[3].

be located outside the wake. The distance between the baffles should be set equal to l1,
which is proportional to the circulation in the wake.

5 Conclusions

The measurement results of the velocity vector components indicate the exponential
nature of the velocity fields attenuation and strongly nonlinear features of the velocity
distribution over the tank radius. This is due to the rather strong influence of secondary
circulating structures, which are capable of crushing and reorienting the torque effects
from the liquid side in the tank space.

In addition, as it was established as a modeling result, the circulations can signif-
icantly affect the distribution of force effects on the tank walls and internal guiding
baffles, which in turn affect the flow in the free space of the tank that is not covered by
baffles.
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Abstract. Paper presents the prototype of the gerotor pump with body and gear
set made of plastics, its functional tests (checking measurements, run-in process)
and experimental research of the efficiency characteristics. The positive results
of previous researches of plastics gear sets allowed for the next step in the
design of the entire plastic body of the gerotor pump. Experimental research was
aimed at checking the proper functioning of the pump with a plastic body and
verification of operational factors, impact of speed and pressure on the pump
characteristics. Functional tests and experimental studies confirmed the cor-
rectness of the structural solution of the pump body. The pump with a plastic
body was working correctly as a low pressure unit at low range of rotational
speed. Experimental research of the plastic gerotor pump confirm that plastics as
a construction material can be used in hydraulics.

Keywords: Gerotor pump � Cycloidal gears � Plastics

1 Introduction

The basic energy generator in hydraulic systems are gear pumps. Three types of gear
pumps can be distinguished: external gear pumps, internal gear pumps and gerotor
pumps.

Gear set is an essential element influencing the operation of the gear pump. Thanks
to this element, gerotor pumps gain an advantage over external and internal gear
pumps. They have a very compact design, smaller dimensions and lower weight. With
low and light units they can obtain high efficiency thanks to the intertooth displacement
chambers which have a large volume. This types of pumps are reliable and durable. In
order to take the next step in the development of gerotor pumps, current market trends
should be followed.

In the construction of hydraulic machines and components, as well as in other
areas, the reduction of the weight and dimensions of manufactured elements, as well as
reduction of the cost of their manufacture is increasingly being sought. However, to
make this possible, it is necessary to search for new construction materials and new
manufacturing methods. A new direction in the field of construction of hydraulic
components and systems is the use of plastics as a construction material [1–4]. The use
of plastics is advantageous for structural, technological, operating [5] and economic
reasons. Due to current trends, the Fluid Power Research Group (FPRG) from the
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Department of Fundamentals of Machine Design and Mechatronic Systems from the
Wroclaw University of Science and Technology, began work to create a complete
hydraulic system, in which basic elements such as a pump, cylinder [6] or valves [7, 8],
or at least their main parts will be made of plastic [9, 10].

Work on the hydraulic system with plastic elements started with the design and
production of a gerotor pump. Initially, only the epicycloidal gear set, was made of
plastic and the rest of the pump: body, shaft and bearings, were made of metal. The
papers [9, 12] presents the research of a gerotor gear set made of plastics and it was
proved that gerotor sets made of various materials can work in gerotor pumps with an
aluminum body. Theoretical and experimental research of the gerotor pump with gears
made of plastic confirm the possibility of using plastics as a construction material in
hydraulics.

These positive results allowed for the next step in the design of the entire plastic
body of the gerotor pump. The work [17] presents a design solution of a gerotor pump
with a plastic body, while [14] presents the design principles of a gerotor pump with
plastic gears and body. Therefore, the goal of the paper was established to presents the
prototype of the complete plastic gerotor pump and its functional tests (checking
measurements, run-in process) and experimental research of the efficiency
characteristics.

2 Plastics as a Construction Material

The analysis and selection of plastic is the first and key stage in the design of hydraulic
components. From a wide set of parameters characterizing the plastic, a narrower set of
parameters is chosen, which are important from the point of view of the pump body
design. Those are:

• yield strength Re and Young’s modulus E - characterizing the strength of the
material,

• shrinkage S and coefficient of linear expansion W - characterizing the dimensional
stability of the material during body manufacture,

• working temperature T and coefficient of water absorption A - characterizing the
dimensional stability of the material during operation,

• price and availability of plastic on the market.

In gerotor pumps so far designed and tested by the FPRG, plastics POM, PPS and
PEEKwere used tomake gear sets [11–13]. Experimental research on plastic gears began
with the basic POM material [15, 16]. This material is easily available on the market,
cheap and easy to machine processing. It also has good strength properties (E = 3000
MPa, Re = 60 MPa), good dimensional stability during manufacture (S = 0,0285
cm/cm, W = 0,0001 cm/oK) and good dimensional stability during operation
(A = 0,7%, T = 100 °C). In subsequent phases of experimental research, materials with
better properties were used, i.e. PPS [11, 12] and finally PEEK [9]. It was decided to use
the same material selection cycle to make the entire pump body. Therefore, POM was
used to make the first prototype of the pump body [14, 17]. Experimental research is
aimed at checking the proper functioning of the pump with a plastic body, therefore, to
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eliminate the effect of deformation of the gear set on the pump characteristics, it was
decided to choose a better, more stable PEEKmaterial for the gerotor gear set. PEEK has
higher than POM strength properties (E = 12700 MPa, Re = 230 MPa), higher
dimensional stability during manufacture (S = 0,005 cm/cm, W = 0,00004 cm/oK) and
higher dimensional stability during operation (A = 0,4%, T = 240 °C).

3 The Plastic Pump Prototype

Using the modification rules presented in [17, 18] a new modified shape of the gerotor
pump body was developed. Figure 1 shows parts of a gerotor pump with a plastic body.
The front (Fig. 1a), middle (Fig. 1b) and back (Fig. 1c) bodies are made of POM
plastic, while the gear set (Fig. 1d) was made of PEEK plastic. The driving shaft is
made of steel and the slide bearing (Fig. 1b) in which the gear set rotates is made of
bronze. Due to the fact that we are dealing with a unit - prototype product, in order to
eliminate the costs associated with the implementation of the injection mold, the pump
prototype was made by machining processing.

The produced elements were subjected to checking measurements. The surfaces
that have a significant impact on the assembly and proper functioning of the pump have
been measured, i.e. the diameters of the bearings, driving shaft and gear set, as well as

Fig. 1. Gerotor pump body parts made of plastics: a) front body; b) middle body with slide
bearing; c) back body; d) epicycloidal gear set
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the width of the wheel assembly and central body. Real, measured dimensions were
consistent with drawing dimensions, the accuracy of the elements was within the
dimensional tolerances adopted in the technical documentation. All surfaces were
smooth and clean.

After completing the measurements, checking and verifying surfaces, pump was
assembled. The assembly proceeded without any disturbances, which was favored by
the precise production of the body parts. All necessary elements, i.e. bearings, dowels,
seals, gear set and driving shaft were embedded in the body, then the complete pump
was tightened with six bolts and a torqueMs = 30 Nm. After tightening, it was possible
to rotate the driving shaft, and thus a gear set, without jamming and the need to apply a
lot of force, which indicates the correct assembly of the pump.

The assembled pump was placed on the test stand. The pump was attached to the
console by means of a specially formed mounting flange in the pump’s front body and
two fastening screws tightened with a torque Ms = 30 Nm. Appropriate dimensions
and fits made it possible to maintain concentricity between the pump shaft and the drive
shaft of the electric motor. The connection of both shafts was ensured by two bellows
couplings between which a torque meter was mounted. After attaching the pump to the
console at the stand, supply lines were tightened to it. Figure 2 shows the view of the
pump on the test stand.

4 Experimental Research of the Pump Model

Figure 3a shows a diagram of a test stand for conducting basic hydraulic research of a
gerotor pump with a plastic body. The test stand enables measurements of hydraulic
parameters, i.e. flow (Q [l/min]) and the pressure at the inlet and outlet of the pump

Fig. 2. Pump mounted on the test stand
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(p [bar]), and measurements of mechanical parameters, i.e. torque (M [Nm]) and
rotational speed (n [rpm]).

The view of the actual stand is shown in Fig. 3b. The tested pump (1) is driven by
an electric motor (2). Connection of the pump with the hydraulic system is ensured by
supply lines (3). A throttle valve (4) is used to load the pump. The overflow valve
(5) was used to protect the pump and electric motor against overload. The drive torque

(a)

(b)
7 2 1

9

6

8

4

3

5

10

2

1

6

9

8

4

5

Fig. 3. Test stand: a) diagram of a test stand; b) view of the stand at the FPRG Laboratory: 1 –

tested pump, 2 – electric motor, 3 – input and output lines, 4 – throttle valve, 5 – overflow valve,
6 – torque meter, 7 – tachometer, 8 – flow meter, 9 – pressure sensors, 10 - signal amplifier
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of the pump was measured with a torque meter (6), and the rotational speed with a
tachometer (7). The flow rate was measured with a flow meter (8) and the pressure in
the input and output lines with pressure sensors (9). Signals from measuring instru-
ments will be sent to a computer using a laboratory signal amplifier (10). The Cat-
manEasy program was used to archive and analyze measurements on a computer.

The basic hydraulic research program of the gerotor pump included:

• checking the correct operation of the pump with a plastic body,
• determination of volumetric ηv and total η efficiency of the pump depending on

various values of rotational speed,
• determination of volumetric ηv and total η efficiency of the pump depending on

various values of working pressure.

5 Results and Analysis of Basic Hydraulic Research

5.1 Run-in Process

Before commencing the detailed hydraulic characteristic tests, the pump was started
and run-in was performed. It has been found that the pump works correctly, performs
its function continuously and without interference. There was no unsealing of the body
and no external leaks.

After run-in, the pump was dismantled and its parts checked in order to determine
the effects of parts’ collaboration and their possible wear. During the inspection of the
pump parts, the effects of lapping plastic were noticed. The lapping effects are shown in
Fig. 4. Figure 4a shows the material overflow in the form of a circle. It was caused by
friction of the rotating gear set on the faces of front and back body. As a result, the
material was “stuffed” into the free space between the gear set and the bearing in which
the gears were rotating. Figure 4b shows a blocked leakage channel that drains
hydraulic oil from under the shaft sealing ring. This is the effect of lapping, excess
material has been “pushed” into the channel hole, which caused it to clog. The lapping
effects have been removed, and no such effects appeared on subsequent tests.
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5.2 Basic Hydraulic Characteristics

After checking the parts and removing the lapping effects, the pump was reassembled
on the test stand and basic hydraulic characteristics were tested. Figure 5 shows the
characteristics of volumetric ηv and total η efficiency depending on the output pressure,
for different shaft rotational speeds. The drawing shows that the pump was operating in
the working pressure range p = 0–20 bar and rotational speed n = 500–1000 rpm. The
volumetric efficiency ηv varied in the range ηv = 89–70% while the total efficiency η in
the range η = 73–50%. Relatively low efficiency prevented further loading of the
pump, which could lead to seizing. The figure shows that the volumetric ηv and total

(a)

(b)

Fig. 4. Plastic lapping products: a) overflow of material in the form of a circle; b) blocked
leakage channel that drains hydraulic oil from under the shaft sealing ring
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η efficiency decrease with increasing output pressure p and increasing rotational speed
n of pump shaft.

This is explained by the fact that as the pressure and speed increase, the body
deformations increase [19], which cause the formation of uncontrolled internal gaps,
which in turn cause the formation of increased leaks in the pump which causes a
decrease in volumetric ηv and total η efficiency.

6 Summary and Conclusions

Experimental research of the plastic gerotor pump confirm that plastics as a con-
struction material can be used in hydraulics.

Experimental studies confirmed the correctness of the structural solution of the
pump body. The pump with a plastic body was working correctly as a low pressure
unit, in the pressure range p = 0 � 20 bar and rotational speed in the range
n = 500 � 1000 rpm, obtaining volumetric efficiency ηv = 89–70% and total effi-
ciency η = 73–50%. However, the selection of POM material for the pump body
proved to be not completely accurate. This material is not suitable for working with
higher technical parameters p > 20 bar and n > 1000 rpm. Materials with better
parameters should be looked.

At the same time, the need to test the deformation of the pump body is visible, to
check the influence of operational factors such as pressure, rotational speed and time of
their operation on the values of axial and radial deformations of the gerotor pump body.

Fig. 5. Characteristics of volumetric and total efficiency depending on the output pressure ηv,
η = f(po), for different pump shaft rotational speeds n = 500 � 1000 obr/min
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The pump body made of plastic should work in the elastic range so that the body
deformations in critical places take values lower than the permissible deformations
[20], so that there are no internal leaks that reduce the technical parameters of the
pump.

It is anticipated that as a result of further improvement of the entire construction and
technological process it will be possible to obtain a pump with higher technical
parameters, working at higher working pressures of the range p = 6 MPa, with volu-
metric efficiency ηv = 70% and total efficiency η = 60%.
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Abstract. The paper presents the process of designing a base made of PET that
will be used as an element of a hydraulic cylinder made of composite materials.
The requirements for the designed element include the possibility of working with
mechanical and thermal loads comparable to conventional cylinders. The choice
of material based on the set criteria and assigned weights, experimental research
of its real properties, numerical calculations of the element as well as experimental
verification on the real object were presented. The material’s non-linearity and the
change of its parameters as a function of working temperature were taken into
account.

In order to obtain real values of tensile strength and Young’s modulus, static
tensile tests were carried out in accordance with ISO 527–2. The obtained results
allowed to include non-linear material properties in the numerical calculations.
To know the glass transition temperature and at the same time make sure that
the elements made of PET material can be used at temperatures up to 80stC,
measurements were carried out using the DMA (Dynamic Mechanical Analysis)
method in the temperature range from −120 °C to 250 °C.

Numerical calculations were made using Ansys Mechanical 19.0 software.
After the design stage was completed, a base prototype was made that was sub-
jected to static tests in the pressure range up to 25 MPa. Element strains were
recorded using strain gauges, which allowed validation of the numerical model.

Keywords: Composite hydraulic cylinder · PET · FEM · DMA

1 Introduction

In recent years, there has been a large development of hydraulic elements and systems,
with particular emphasis on the downsizing trend of reducing the dimensions or weight
of components while maintaining existing operating parameters (nominal pressures,
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efficiency, resistance to operating conditions). The development trend aimed at mini-
mizing dimensions has been named microhydraulics [1]. Another trend in the design of
hydraulic elements is the use of newmaterials, e.g. for pumps, valves or hydraulic cylin-
ders. Research work is being carried out on the use of plastics such as polyoxymethylene
(POM) in the construction of the above-mentioned of elements [2].

In hydraulics, composite materials (mostly in the matrix of epoxy resins, reinforced
with continuous carbon fibers) are currently used for themanufacturing of accumulators.
The gain resulting from the weight reduction is significant in this case, and the design
methodology and manufacturing technology show many analogies to well-known com-
posite pressure vessels [3, 4]. The second area of hydraulics where composite materials
are used is the manufacture of cylinders and piston rods hydraulic actuators [5].

The rest of the parts of the hydraulic actuator - the end caps and the piston - have
a much more complicated geometry. To make them from composite materials, it would
probably be necessary to give up continuous fiber reinforcement in favor of staple fibers
or powder reinforcement. One could then make such details by methods of injection or
3D printing. However, the easiest way to reduce the weight of these components is to
make them out of polymeric materials. In addition to reducing the weight of the element,
the elimination of metallic materials brings additional benefits in the form of increased
resistance to the work environment, which is particularly unfavorable for hydraulic drive
components [6].

This paper presents the process of designing the base of composite hydraulic cylinder.
The base itself was made of PET (polyethylene terephthalate).

2 Material and Object of the Tests

2.1 PET Material

The tested material is polyethylene terephthalate (PET) with the trade name TECAPET
White manufactured by Ensinger Plastics. It is a thermoplastic plastic from the group of
polyesters widely used in various industries for the production of fibers (in the textile
industry), bottles and other food containers, as well as machine parts and as a matrix of
composites. The basic material properties declared by the manufacturer are presented in
Table 1.

Table 1. Basic properties of TECAPET material, declared by the manufacturer.

Parameter Value

Young’s modulus [MPa] 3100

Tensile strength [MPa] 79

Bulk modulus [MPa] 2700

Glass transition temperature [°C] 81
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2.2 Tested Base

The tested element was the bottom of the hydraulic cylinder. Its task is to seal one of
the cylinder ends (opposite to the piston rod) and to supply and drain the working fluid
from the cylinder. The technical drawing of the designed end cap is shown in Fig. 1.

The bottom will be connected to the opposite gland by means of four screws (pins),
thus preventing these elements from moving along the cylinder axis. The connection to
the hydraulic system will take place through a steel connector located coaxially with the
cylinder.

Fig. 1. Technical drawing of a tested base of a hydraulic cylinder.

3 Methods

3.1 DMA Measurements

The DMA method was used to study viscoelastic behavior of PET, to determine the
complex modulus and to locate glass transition temperature. A sinusoidal load with a
given frequency and force amplitude was applied to the sample andmaterial deformation
wasmeasured. The change in sample temperature over time has allowed the identification
of the glass transition temperature.

To determine the glass transition temperature, shear modulus and flexural modulus,
DMA tests were carried out in twomodes - shear and three point bending. The tests were
performed on a METTLER TOLEDO DMA/SDTA1 + dynamic mechanical analyzer,
having a force range from 1mN to 40N and a frequency range from 0.001Hz to 1000Hz.

The diagram of tests in shear mode is shown in Fig. 2 b). They consist of placing
two disks of known geometry, made of test material (2), between the fixed parts (3) and
the movable parts (1) of the holder and pressing them together, which prevents slipping.
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Then the movable part (1) of the handle is set in a vertical oscillating motion with a given
value of frequency and force amplitude. At the same time, the ambient temperature is
changed. Registration of the displacement allows to determine the value of the shear
modulus as a function of temperature and to determine the glass transition temperature
of polymers characterized by a rapid decrease in the storage modulus value. The tests
were carried out at a frequency of 1 Hz and in a temperature range from−120 °C to 200
°C, with heating rate of 3 °C/min.

Fig. 2. Scheme of a DMA measurement in a) three-point bending mode, b) shear mode.

Diagram of tests in bending mode is shown in Fig. 2 a). They rely on cyclic, three-
point bending of a beamwith knowngeometry. The sample (2) is placed onfixed supports
(3), afterwhich it is preloadedwith a pin (1). Then the pin (1) performs oscillating vertical
movements with a given force amplitude and frequency and the measuring system reads
the displacement value, which allows calculating the flexural modulus (which in case
of isotropic material is equal to Young’s modulus). The key is to set the correct offset
force, so that the pin will be in constant contact with the sample during the test, while
the deformation of the sample will remain in the linear range. The tests were carried out
at ambient temperature.

3.2 Tensile Tests

The static tensile test of plastics was carried out in accordance with ISO 527–2 [7]. In
the case of the described tests, type 1B samples in the number of 6 were used. The tests
were carried out on a Tinus Olsen H25KT universal testing machine and the speed was
1 mm/min.

3.3 Strain Gauges Measurements

To validate the FEMmodels, measurements of the base’s deformations were made using
strain gauges. For this purpose, TENMEX TF-5 strain gauges were used, the basic
parameters of which are given in Table 2. The HBMQuantumXMX440BDAC interface
connected to a PC and Catman AP software were also used.

Places where sensors are located on the base are shown in Fig. 3. To glue the
strain gauges in accordance with the manufacturer’s recommendations, ThreeBond
1731 cyanoacrylate adhesive was used. The tested elements were placed on a test stand
intended to simulate real working conditions and were loaded with quasistatic internal
pressure in the range of 0–25 MPa.
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Table 2. Basic parameters of strain gauges

Parameter Value

Gauge constant [−] 2.19 ± 2%

Resistance [�] 120 ± 2%

Fig. 3. Diagram of the location of strain gauges on the base.

3.4 FEM Modelling

FEM calculations were carried out using ANSYS Workbench 19.0 software. In the
SpaceClaim module, a model of a ¼ of the base was created (Fig. 4). The hydraulic
connector and washer for the nut were also modeled.

Fig. 4. Model of ¼ of the base geometry.

Model components have been given symmetry constraints to theXZ andYZplanes to
simulate the behavior of the entire element. Frictional contacts with a friction coefficient
of 0.2 were defined between the washer and the base as well as the hydraulic connector
and the base.

The model was meshed with higher-order tetra finite elements 1 mm in size, which
gave a total of 102599 elements and 159640 nodes.

The model was supported by taking away all degrees of freedom of the upper part of
the washer (a) by simulating the operation of the screw connection and by taking away
the possibility of translation along the X and Y axes in the screw hole (b) as well as
in one of the cylindrical parts cooperating with the cylinder (c) (Fig. 5). The element
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was loaded with 20 MPa pressure simulating the actual pressure acting on the element
during operation (d).

Fig. 5. Supports (a, b, c) and load (d) of the FEM model.

4 Results

4.1 DMA Results

The first part of DMA testing in bending mode was the determination of the offset force
required for correctmeasurements. Figure 6 presents the results of such preliminary tests.
The measurements were carried out at a constant frequency of 1 Hz. The offset force
was changed over time and the value of the complex Young’s modulus was recorded.
The highest stable value of the E* module was adopted as the criterion for choosing the
right offset force. It was obtained for an offset force of 12 N.
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Fig. 6. The value of complex Young’s modulus and offset force in time.

Then proceeded to the main part of the measurements. The sample was loaded with
an initial force of 12 N and then the pin made oscillatory movements with increasing
displacement amplitude. The force registered by the device allowed calculating the
complex Young’s modulus E* and its real part E’ and the imaginary part E”. Figure 7
shows the change in module E* value and amplitude of pin displacement during the test.
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One can see that as the amplitude of displacement increases, the E* module decreases,
after which it stabilizes around 3400 MPa.

In shear mode, the shear modulus value was determined depending on the sample
temperature. This allowed the material glass transition temperature to be determined.
The glass transition temperature was determined by several methods. In this study, a
method of finding the temperature at which the maximum peak of the imaginary part of
the shear modulus occurs was used. The glass transition temperature determined in this
way was 86 °C (Fig. 8).
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Fig. 8. The value of the imaginary part of the shear modulus as a function of temperature.

4.2 Tensile Test Results

Table 3 shows the material parameters obtained from the static tensile test. It can be
seen that they differ (especially the value of Young’s modulus) from those given by the
manufacturer. Figure 9 presents an example of a stress strain diagram.
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Table 3. Material constants obtained from the static tensile tests

Parameter Value

Young’s modulus [MPa] 3652 ± 240

Tensile strength [MPa] 73.3 ± 3.2

Fig. 9. Stress strain diagram for TECAPET White material obtained from static tensile test.

4.3 FEM Results

Material data obtained from the static tensile test (including material nonlinearity) was
implemented for FEM calculations. Figure 10 presents strain results of strain gauges
respectively in the X (left) and Y (right) axes obtained by FEM simulation. The average
strains were 450 µm/m in the X axis and 2016 µm/m in the Y axis.

Fig. 10. Strain gauges strains in the X axis (left) and in the Y axis (right) resulting from FEM
calculations.
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Figure 11 shows the reduced stress according to the Huber-von Mises hypothesis.
The maximum stress value is 45.96 MPa, which is much lower than the tensile strength
of the material used.

Fig. 11. Reduced stress according to the Huber-vonMises hypothesis occurring in the tested base

4.4 Strain Gauge Tests Results

Figure 12 shows the relationship between the pressure inside the cylinder and the strains
recorded by the strain gauge in the Y axis. Similarly, Fig. 13 shows the results for the
strain gauge in the X axis.

For a pressure of 20 MPa, strain in the X axis was 576 µm/m, and in the Y axis
5450 µm/m.

Fig. 12. Strain in the Y axis recorded by strain gauges
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Fig. 13. Strain in the X axis recorded by strain gauges

5 Conclusion

The paper presents the results of PET plastic material tests, FEM simulation of the
hydraulic cylinder base and their experimental validation. It has been shown that such
an element made of polymeric material can successfully work in a hydraulic system
where the working pressures reach 20 MPa and the oil temperature does not exceed 80
°C (which is a common recommendation when designing hydraulic systems).
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Abstract. Nowadays the most commonly used brakes are dry ones. However
in special situations, harsh and aggressive environments, there was a need for
more durable and more powerful brakes. The biggest advantage of wet multi-
disc brakes is that they can be used in big variety of conditions, from extremely
cold to the extremely hot, from very clean to very dusty environment and so on.
Because of their very responsible part in heavy machinery design, wet multi-disc
brakes presents a very attractive and hard task as for mechanical engineer as for
researchers all around the world. This paper presents a practical approach to wet
multi-disc brake design improvement. Namely, the most of present wet multi-
disc brakes uses a radial placed compression springs for brake activation. This
solution leads to lots of difficulties during brakes manufacturing and brakes main-
tenance. At this paper is presented concept of compression springs replacement
with belleville springs. Concept is proven by hand and FEM calculations. At the
end of the paper conclusion and further research directions are given.

Keywords: Multi-disc wet hydraulic brake · Compression spring · Belleville
spring

1 Introduction

Brakes are devices most commonly used for stopping or decelerating various types
of machines such as: vehicles, aircrafts, machinery, machinery moving parts and etc.
According to the way of activating brakes can be divided into mechanic, hydraulic or
electromagnetic. Related to coolant usage brakes can be divided to dry brakes, which are
not use coolant and wet brakes which are use coolant in their operation mode. Nowadays
dry brakes have much more spread appliance related to wet ones. Dry brakes are used in
cars, trucks, trailers, agricultural machinery and etc. Dry brakes are mostly used where
the lower braking moment is required. Dry brakes have one two very big advantages
related to wet ones: dry brakes are much less expensive and they are much simpler
for replacement. When the torque needs to be effectively stopped the wet brakes are
in advantage. This situation occurs at heavy machinery and equipment, especially in
industries where the extreme conditions are occasional. Wet brakes are commonly used
in:mining industry, foodprocessing, transportation systems, special types of vehicles and
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etc.Wet brakes main advantages related to dry brakes are: longer life-cycle, much bigger
reliability, operation in very harsh conditions. The wet brakes is also called oil cooled
disc brakes because they are using oil as coolant during their operation and also very
common is oil usage for their activation.A dry brake aremadewith a single drum system,
which causes heating up when they are put under pressure. Dry brake heating causing
undue strain to the whole brake system. This phenomenon can contribute difficulties in
dry brake operation and even the failure of the brake. The better solution is to use a wet
brakes which are closed system. A wet brake has multiple discs, which it uses so that
the instantly moving stopping. The multiple discs engagement is commonly done by
hydraulics, while the oil between multiple discs prevents wet brake from overheating.
Because of their interesting design, various processes happening, big advantages they
have in operation in extreme conditions, the wet brakes are very attractive task for
improving and researching among many researcher and companies all around the world.

One of the first papers in this research field was introduced by Zagrodzki [1], by
exanimating of thermo mechanical phenomena in multidisc clutches and brakes. He
used numerical method in order to explain phenomena appearing on various friction
surfaces. Jullien et al. [2] did a research about behavior of wet clutches operating under
continuous running conditions with a new carbon based material. This research group
made comparisons between experimental and theoretical (hydrodynamic) results which
indicated that the lubricant does not provide complete separation of the disc faces. In the
research about wet brakes and clutches engagement characteristics Holgerson [3], has
developed and apparatus of those characteristic measurement. In his paper he presented
apparatus which can vary conditions for wet brake engagement: sliding velocity, inertia,
force rate, and lubrication. He covered this research both theoretically and experimen-
tally. Zhanling, et al. [4], has performed elastoplastic finite element analysis for wet
multidisc brake during lasting braking. Their research was covered by mathematical
model and numerical confirmation of presented model. Naunheimer et al. [5] in their
book Fahrzeuggetriebegave the latest wet brakes and clutches designs and concepts data.
Höhn et al. [6] presented how special additives in oil influence on wet brake discs. Liang
et al. [7] conducted a numerical and experimental studies of a wet multidisc clutch on
temperature and stress fields. Zhao et al. [8] presented the tribological characteristics of
Cu-based friction pairs in a wet multidisc clutch under non-uniform contact. Jianzhong
et al. [9] developed mathematical model in order to investigate the steady-state and
axisymmetric flow conditions in deformed discs. They also run an experiment based on
their model and get very similar results, which validates their mathematical model. Very
interested way to obtain optimal parameters of multidisc wet brake is shown in paper
[10]. The authors used heuristic optimization methods to solve various problems, among
them multidisc magnetic brake parameters as well. Based on that paper, same method
can be used in optimizing multidisc wet brakes. The idea for multidisc wet brake design
improvement is born by reading paper [11] about unusual spring system. In that paper
are shown ortho-planarsprings used for linear motion.

In this paper a practical approach to wet multi-disc brake design improvement is
given. The most of present multi-disc wet brakes solution uses a radial placed compres-
sion springs for brake engagement. Solutionwith radial placed compression springs leads
to lots of difficulties during brakes manufacturing, brake assembling and maintenance.
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This paper presents concept with compression springs replaced bybellevillesprings. The
concept feasibility is proven by analytical and FEM calculations. At the end of the paper
conclusion and further research directions are given.

2 Old Design of Wet Brake

The old design of wet brake has a radially placed compression springs. Those springs
by one end goes into 1st housing, and by second end they are mounted into wet brake
piston. In Fig. 1 is shown old design of wet brake.

Fig. 1. Old design of wet brake cross-section.

In Fig. 1 compression springs are marked with black rectangulars. There are 8 com-
pression springs in old design of wet brake and they are placed by 45° related to each
other. Compression springs are pre-loadedwith hex-head bolts thru each of spring. There
are a couple of problems with this wet brake conception:
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– First problem is production of housing and piston because of centric holes for
compression springs placement;

– Second problem is assembling of this wet brake type, it takes a lot of time and lot of
precision;

– Third problem is related for operation, if one or more springs fails, brake must go to
general maintenance.

Spring failure can be caused by various causes. For example, very common cause
can be initial crack which can be caused with pitting (when the spring is compressed
fully), or material errors. In Fig. 2 is shown failed spring caused by initial crack [12].

Fig. 2. Failed spring by initial crack.

Bymodern production technologies first and secondproblemcanbe partially overrid-
den. The problem override methods requests expensive and time taking process. Consid-
eration of third problem is taken into account after series of FEM analyses. FEM analysis
has been performed in Autodesk software, firstly in Autodesk Inventor, and secondly in
Autodesk Simulation Mechanical. In this paper is only given the results from Autodesk
Inventor due to partnership restrictions on this project. This research is result of author’s
collaboration in industry practice project. FEM analyses were for three cases: with all
compression springs operative, without one spring and without two springs. The results
of FEM analysis are given in Fig. 3.

In Fig. 3a is shown normally operation mode with engagement force. It that case
piston moving is by default 2 units. In Fig. 3b is shown that deflection is concentrated
in one side if one spring is excluded from simulation. In practice this case should be
analog to 1 spring fail. The piston movement should not be completely possible and
this case could cause serious wet brake damage. In the Fig. 3c is shown FEM analysis
result if 2 compression springs fails. In that case wet brake would be much damaged,
and almost impossible for maintenance. Because of the problems described here, wet
brake redesign process has been conducted in order to eliminate or partially override
described problems.
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Fig. 3. FEM analysis results: a) with all springs; b) without 1 spring; c) without 2 springs.

3 Wet Brake Redesign Process and Calculations

Before redesign process the axial engagement forces needed to be determined. Axial
force for brake activation is calculated by Eq. (1).

Fa = Sµ · Ka · Tw
i · µ · rµ (1)

where:Fa– axial engagement force,Ka –working conditions factor,Tw –brake requested
torque, i– number of contact surfaces, µ – friction coefficient and rµ – friction radius.

Friction radius in this case was constraint factor. Friction radius, rµ, is calculated by
Eq. (2).

rµ = 2

3
· r

3
out − r3in
r2out − r2in

(2)

where: rout – outside radius of friction surface and rin – inside radius of friction surface.
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Working condition factor is used for mining industry as it was in original design
solution. Friction coefficient is adopted friction materials with lubrication. for Based on
old design parameters (requested torque Tw = 13,52 kNm)wet brake axial engagement
force parameters are calculated. The requested torque came by request from author
partners from industry, described in Sect. 2. The calculated parameters pare given in
Table 1.

Table 1. Contact surfaces and axial engagement force.

Number of friction plates Number of contact surfaces, i Engagement force, N

5 friction plates i = 10 231679

6 friction plates i = 12 178066

7 friction plates i = 14 152628

8 friction plates i = 16 118711

9 friction plates i = 18 106839

10 friction plates i = 20 89033

Because of easier result insight data from Table 1 is given on diagram showed in
Fig. 4.
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Fig. 4. Diagram of axial engagement forces related to number of friction plates.

Based on the presented data, and geometric limitations it is adopted to have 9 friction
plates instead of 6 in the old design. By adding 3 more friction plates axial engagement
force is lowered by 40% percent.

Based on Mubea catalog [13] the material for belleville spring is adopted, alloyed
steel 50CrV4. For proper selection of belleville springs number and size the characteristic
spring stress needed to be determined. Characteristic points for stress determination are
shown in Fig. 5.
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Fig. 5. Characteristic stress points.

where : I, II and III force engagement points, l0 spring segment outer height, h0, spring
segment inner height.

Characteristic stress in shown stress points is calculated according to Almen-Laszlo
simplified calculation method. By that method the most influential factors of calculation
are spring geometry, spring travel and spring material.

4 New Improved Design of Wet Brake

The new design of wet brake have 3 more friction plates related to old design. This is
introduced in order to engage the wet brake by lower axial force. The hex-head bolts
which are used for brake assembling are placed around new set of springs. The same
number of bolts is used, and only difference is that the bolts are placed in slightly bigger
circle and as well radially placed. In Fig. 6 is shown new improved design of wet brake.

In Fig. 6 the new set of bellivelle springs are highlighted by black rectangulars. The
newdesign has 2 pairs of bellivelle springs. Those springs are set inXposition.Regularity
of the presented solution is confirmed by FEM analysis. The results of confirmation
analysis is shown in Fig. 7.

In Fig. 7 can be noticed that piston in new brake design is moving straight translator,
which is very good and similar to original brake when all springs are operational.
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Fig. 6. New improved design of wet brake.

Fig. 7. FEM analysis of improved wet brake design.
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5 Conclusions

This paper presents a practical approach to improvement of wet multi-disc brake design.
The most of present multi-disc wet brakes solution uses a radial placed compression
springs for brake engagement. Solution with radial placed compression springs have the
following problems:

– lots of difficulties during brakes manufacturing which increase wet brake costs,
– problems with brake assembling and maintenance and
– brake is not able to operate if one of the springs fail, or even if one of the springs
become with unequal characteristics related to other springs.

The improved design concept is with compression springs replaced by belleville
springs. The concept feasibility is proven by analytical and FEM calculations. The new,
improved design have following advantages:

– lower axial engagement force by 40%,
– simpler design which leads to easier assembling and maintenance,
– lower costs of brake manufacturing,
– brake operation is not related to one spring failure because piston pressure is uniformly
distributed on whole contact surface of bellivelle spring.

The future work of author on this problem is focusing to do small scale brakes, which
can have much wider appliance. The main problem with this type of brake is the overall
manufacturing cost, which can be as well an interesting research topic.
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Republic of Serbia under the contract TR33015. We would like to thank to the Ministry of Edu-
cation, Science and Technological Development of Republic of Serbia for their financial support
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Gdańsk University of Technology, Narutowicza St. 11/12, 80-933 Gdańsk, Poland
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Abstract. Performance of the hydrostatic high-pressure drive systems is affected
by the changes ofworking fluid’s volume. Presence of air bubbles in the fluid cause
this problem to be even more serious. To study this phenomenon precise measure-
ments of fluid’s bulk modulus are necessary. Different measurement methods are
applied, but they are either limited to low pressure range or give inaccurate results.

To solve the problem the new measurement device was built. It allows to
directly measure volume changes of both pure fluid or fluid-air mixture within the
wide pressure and temperature range. Both adiabatic and isothermal module may
be determined, the tested fluid may be pure or aerated.

Measurements of different fluids were made including vegetable oils (rape-
seed, sunflower and linseed), mineral oil and synthetic oil.

Keywords: Bulk modulus · Vegetable oil · Aerated oil

1 Introduction

Compressibility of hydraulic fluids causes a number of harmful phenomena [1]. In pumps
and motors volume changes of the fluid filling so called dead volume reduce the volume
efficiency of those machines [2, 3]. The dead space volume in modern high pressure
piston pumps is in the range of 25 ÷ 50% of their stroke volume. This value however
refers to their full displacement setting only. Reduction of pump displacement causes
simultaneous growth of the dead volume and fall of stroke volume. As a result the dead-
to-stroke volume ratio rises quickly, and may easily exceed 500% [3]. At an operating
pressure of 40 MPa and a maximum displacement setting, this corresponds to a drop in
efficiency of approx. 1% for fluidwith a bulkmodulus of 1800MPa.At low displacement
setting this drop can even exceed 20% [4]. Another undesirable phenomena caused by the
compressibility of the working fluid are: reduction in the rigidity of the entire hydraulic
system, which may result in vibration or reduced positioning accuracy and increased
noise emission [1, 2, 4].

Thedegree of volumetric deformationof a given liquid under the influenceof pressure
changes determines the bulk modulus K, whereas depending on the conditions of its
measurement, one can distinguish the isothermal module KI corresponding to slow
pressure changes and the adiabatic (isentropic)moduleKA when the pressure changes are
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rapid [5, 6]. For a given liquid and givenmeasurement parameters (pressure, temperature,
speed of pressure changes) the value of the modulus K is a characteristic, invariable
parameter of this liquid.As pressure increases, the speed of the volume changes decrease,
which corresponds to the non-linear relationship shown in Fig. 1.

Fig. 1. Interpretation of tangent bulk modulus KT and secant KS.

Figure 1 shows two possible interpretations of themodulus of elasticity: KT - tangent
to the curve V(p) (temporary at a given point) and KS - secant passing through two points
of this curve (average for a given interval):

KT = −V ′
(

∂p

∂V

)
= −V ′

tan αT
(1)

KS = −V ′
(

�p

�V

)
= −V ′

tan αS
(2)

The measurement results included in the chapter 3 present values of the secant
isothermal module KS

I in the pressure range from 0 to the measured value.

2 Measuring Method

There are two direct methods of compressibility measurement: variable volume method
and constant volume method [7]. In the first one certain amount of measured fluid fills

Fig. 2. New fluid compressibility meter [8].
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closed cylinder equipped with a tightly fitted, movable piston. The force acting on the
piston is the source of pressure in the cylinder and the displacement of the piston is a
measure of the change in volume of the liquid filling the cylinder. A variation of this
method is a tightly closed flexible bellows filled with the tested liquid. The constant
volume method measures the relationship between the pressure in a cylinder and the
volume of liquid injected into it. In both cases, the problem is to eliminate errors resulting
from the elastic deformations of the cylinder itself and leaks.

The third, indirect method is based on measuring the propagation of sound waves
in the tested liquid, which allows determining its density changes. With this method it
is only possible to determine the isentropic module, the measurement accuracy is also
limited.

An improved version of the compressibilitymeasuring devicewas proposed and built
in the Department of Hydraulics and Pneumatics, Faculty of Mechanical Engineering,
Gdańsk University of Technology [2].

The instrument uses a modified version of the variable volume method. The mea-
suring chamber 1 is mobile and slides along the tightly fitted piston 2. After filling the
chamber 1 with tested fluid the socket 6 is tightly plugged and the whole set in put into
the pressure tank 3 filled alsowith fluid (may be different from the tested one). The tank 3
is connected to the high-pressure pump set acting as a pressure source. Because chamber
1 may freely slide on the piston 2 pressure in the tank 3 is equal to the pressure inside
the chamber 1. Movements of the chamber 1 along the piston 2 reflect changes in the
volume of the tested liquid subjected to variable pressure. Simultaneous measurement of
pressure with transducer 5 and displacement with transducer 4 allows to determine the
course of changes in the liquid compressibility module. Because the pressures inside and
outside the chamber 1 are equal, this eliminates the elastic deformations of the chamber
and errors resulting from leaks. The design of the device is the subject of a patent claim
[8]. The accuracy class of pressure and displacement transducers used is 0.25%. The
device allows the measurement of both isothermal and isentropic bulk modulus. Tank
3 strength and the parameters of the available pump set allowed testing in the pressure
range 0 ÷ 70 MPa.

3 Measurements of Compressibility of Vegetable Oils [9]

In addition to the high bulk modulus, the working fluids in hydrostatic drive systems
are subject to numerous additional requirements: chemical and physical stability, good
lubricating and cooling properties, low environmental damage, working in a wide tem-
perature range and low price. As no known liquid can meet all the requirements, new
alternatives are being sought.

Vegetable oils can be such an alternative, they are characterized by better biodegrad-
ability than mineral and synthetic oils used so far and a high viscosity index. In addition
to the known and increasingly used rapeseed oil, two other species of vegetable oil were
tested: sunflower and linseed. Information on their compressibility was not found in the
available literature. For comparative purposes, a typical HM 46 mineral oil and 5 W–40
synthetic oil were also tested. Due to the large number of measurements carried out, the
article presents only the most interesting, selected results.
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Figures 3 and 4 show that values of the bulk modulus for all three vegetable oils at a
temperature of 60 °C exceed the parameters of mineral oil by approx. 3 ÷ 15%, while
the difference decreases with increasing pressure. Synthetic oil gets even worse results,
in extreme cases the difference reaches 30%. The temperature drop to −10 °C increased
the bulk module by an average of 35 ÷ 40% for all oils, however, for mineral oil this
increase was about 45%, thanks to which it exceeded vegetable oils.
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Fig. 3. Changes in bulk modulus at −10 °C.
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Fig. 4. Changes in bulk modulus at 60 °C.

From the point of view of the operation of hydrostatic systems, the results obtained
at elevated temperatures are more important, which corresponds to the typical operating
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conditions of these systems in steady state. Under these conditions, the advantage of all
vegetable oils (especially rapeseed one) over mineral and synthetic oil is visible.

Under conditions of temperature reduced to −10 °C, mineral oil is comparable to
vegetable oils. However, these conditions only apply during start-up of the machine
operating in low ambient temperature.

Comparing Figs. 5, 6, 7 and 8 it can be stated that vegetable oils in the whole range
of pressure changes show a weaker dependence of the bulk modulus on temperature
changes than mineral and synthetic oil, which should be considered as their advantage.

 100 bar

 300 bar

 500 bar

700 bar

1500

1600

1700

1800

1900

2000

2100

2200

2300

2400

2500

2600

-10 0 10 20 30 40 50 60
Temperature [C]

B
ul

k 
m

od
ul

us
 K

 [M
Pa

]

Fig. 5. Changes in linseed oil bulk modulus as a function of temperature.
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Fig. 7. Changes in rapeseed oil bulk modulus as a function of temperature.
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Fig. 8. Changes in mineral oil bulk modulus as a function of temperature.

4 Bulk Modulus of the Aerated Liquid

Under real conditions, the working fluid in hydrostatic drive systems often occurs in an
aerated form. The most harmful form of air pollution are tiny air bubbles with a diameter
in the order of tenths of a millimeter. Since the viscosity of hydraulic fluids is usually
from a dozen to over 100 mm2/s, complete separation of liquid and air in the tank is not
possible, because it requires too much time.
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The effect of oil aeration is, among others, a significant decrease in the bulk modulus
of the liquid-air mixture. The apparent value of this module K1 can be determined from
the formula [10]:

1

K1
= 1

Kp
+ εp

pt
(3)

where: Kp – bulk modulus of the pure (deaerated) fluid
εp - volumetric air-to-liquid ratio
pt – temporary pressure

However, the volumetric air content in the liquid εp is strongly dependent on dif-
ferent parameters (pressure, temperature, speed of pressure changes), it also changes
over time (because the air dissolves in the liquid). The mathematical description of all
phenomena occurring in a mixture of liquids and gases during pressure changes requires
numerous simplifying assumptions and nevertheless the obtained models are compli-
cated. Depending on the assumptions made, a number of models can be found in the
literature: The simplest modelsMerritt and Cho ignore the phenomenon of air dissolving
in liquids [8, 11–14]:
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where: pn – normal (atmospheric) pressure = 101 325 Pa,
κ - polytrophic exponent
Feldmann, IFAS and Ruan-Barton models taking into account the transition of air into
solution are an extension of the above models:
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where: m – factor taking into account the effect of pressure on the deaerated oil K
module:

K(pt) = K0 + m · pt (8)

KT
R−B =
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(
pn
pt

) 1
κ · εp

1−εp
· pc−pt
pc−pn

1
KA

+
[(

pn
pt

) 1
κ · εp

1−εp
· 1
pc−pn

]
·
(
pc−pt
κ·p + 1

) (9)

The Ruan-Burton model is only valid for pressures below the critical pressure pc.
Above this value, which may vary in function of additional parameters, full air disso-
lution in oil is assumed, so the bulk modulus has a value of KT

A corresponding to the
deaerated liquid. However, such discontinuity and uncertain value of the critical pressure
are disadvantages of this model.

Results obtained using differentmodels differ significantly (Fig. 9). To clarify doubts,
it is therefore necessary to carry out the most accurate measurements possible. Precise
measurements made using the new instrument may clarify some doubts and help in
finding the new model more relevant to the results of the experiment. For this purpose
preliminary measurements were made using mineral oil HM 46 with certain degree of
aeration. Results were compared with the IFAS and Feldmann models, regarded as the
best ones (Figs. 10 and 11).

Fig. 9. Comparison of changes in the bulkmodulus of aerated oil according to themodels available
in the literature [6].
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Fig. 10. Changes in the isothermal, tangential bulk modulus of mineral oil HM 46 with a degree
of aeration εp = 2% compared with IFAS and Feldmann models. Oil temperature: 25 °C [2].
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Fig. 11. Changes in the isothermal, tangential bulk modulus of mineral oil HM 46 with a degree
of aeration εp = 4,8% compared with IFAS and Feldmann models. Oil temperature: 25 °C [2].

For the given measurement conditions, IFAS model shows the best compliance with
the experiment in low pressure range, while Feldmann model is more accurate in high
pressure range. Other models strongly differ from the experiment results. As a result of
his investigation Załuski proposed a modification of the Feldmann model [2]:
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To confirm the correctness of the proposed model, further tests are necessary, which,
however, require the construction of a new, more accurate measuring instrument adapted
to tests in a wider pressure range.

5 Conclusions

The test results show favorable values of the compressibility modulus obtained by veg-
etable oils. In the whole range of pressure and temperature changes, the module for
these oils significantly exceeded the parameters of synthetic oil. Mineral oil exceeded
vegetable oils at negative temperatures, corresponding to the moment of machine start-
up, but was clearly worse at steady-state temperatures. It should be emphasized here
that the tested vegetable oils did not contain refining additives found in the compared
mineral and synthetic oils, so they cannot be treated as full-fledged hydraulic liquids.
Nevertheless, the results obtained should be considered promising and worth further,
more detailed research.

Tests carried out using the new device fully confirmed the usefulness of the new
concept. Bulk modulus values obtained for mineral oil fully coincide with the results
available in the literature, which positively indicates the accuracy of the measurements
carried out. The tests however indicated also the direction of further construction work.
In an existing device, the transducer 5 measures the pressure in the tank 3 (see Fig. 2). In
principle, it should be equal to the pressure inmeasuring chamber 1. Because of a sealing
ring, installed between the chamber 1 and the piston 2 to eliminate leaks, friction that
appears in this node causes however a pressure difference of up to 2 bar between the two
spaces, which in practice doubles the error of the pressure transducer used. Measuring
pressure directly in the measuring chamber should eliminate this problem. The range
of pressures achieved in the device is limited by the maximum operating pressure of
the available pump set. This can be bypassed by using a pressure multiplication system.
Another version of the compressibilitymeter, taking into account the above observations,
is currently being built and should enable more accurate measurements of bulk modulus
changes at pressure exceeding 100 MPa.
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Abstract. The article presents an overview of various materials of which pistons,
piston rods and cylinders of hydraulic actuators are currently made. Surface mod-
ification issue, aimed at improving both strength and operational properties of the
components is also discussed.

The materials, of which the basic parts of the actuators are made, will be
discussed in detail. In the case of cylinders, it is usually quality steel. Pistons
are made of ductile iron or structural steel. Sometimes aluminium alloys are also
used for reducing the weight of the element while maintaining adequate mechan-
ical strength. Piston rods are currently one of the most complex in machining
parts. They are made of surface-hardened or quenched and tempered steel (pos-
sibly stainless steel) and are most often coated with chromium. Recently, many
alternatives to chromium have been created due to its harmfulness for people and
environment. These are, for example, tungsten carbide coatings and amorphous
carbon coatings. Usage of composite materials and plastics is also listed among
modern technologies for making components of actuators.

Keywords: Structural materials · Coatings · Power hydraulics · Hydraulic
actuators

1 Introduction

Hydraulic actuators, in the simplest terms, are engines that are designed to convert the
fluid energy into mechanical energy. The most common hydraulic actuator consists of a
cylinder, piston, piston rod, head and set of seals (Fig. 1).

The piston and the piston rod perform reciprocatingmotion, and the distance between
the piston end positions is called the actuator stroke [1]. In this article, three main parts
of a regular actuator will be discussed in more detail: cylinder, piston and piston rod.

Components of actuators should meet a lot of requirements such as corrosion resis-
tance, wear resistance and have appropriate tribological parameters. High temperature
resistance is also an important aspect. Hydraulic actuators operate at temperatures up
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Fig. 1. The design of the exemplary hydraulic actuator.

to approximately 80 °C, however, for actuators for special applications, the operating
temperature can be as high as 200 °C.

The cylinder is a pipe endedon the one sidewith a bottom [2] andon the other attached
to the so-called head. It forms the housing of a moving piston-piston rod assembly. It is
important that the cylinder has adequate tightness. Any leaks and pressure drops of the
working fluid could lead to a decrease of actuator performance.

The piston is usually in the form of a cylinder with grooves for sealing and bearing
elements cut out on its lateral surface. It is an element separating two working spaces
in the cylinder from each other. More precisely, it prevents the flow of working fluid
between the chambers of the cylinder.

The piston is guided by the piston rod. On the one side it is attached to the piston,
on the other connected to the driven element [3].

Each of these three actuator components must meet different requirements for oper-
ating conditions. Damage to any component could result in a serious failure of the entire
hydraulic system, and thus even create a threat to human life.

2 Basics of the Material Selection

Material selection is one of the most important aspects of machine elements design. It
complements the structural issues and strictly depends on the purpose of the actuator
and its overall dimensions. In the paper [4], the relationship between function, material,
shape and method of producing a given element is presented. These four issues should
complement each other and the omission of any can be considered a mistake.

It is generally believed that the use of a given material should not generate too high
costs. However, the price-benefit ratio should be more important. The use of expensive
materials with the best parameters often cannot be avoided, for example, in the case
of responsible components of aircraft engines, as a failure in such cases could cause
catastrophic consequences.

During choosing the material, it is necessary to draw up a list of the operating con-
ditions of the element, and hence, a set of requirements that the material must meet. Not
only mechanical, thermal, corrosive or economic properties, but also its environmental
impact should be taken into account here. During material selection, it may be helpful
to prepare so-called material properties graph with the help of computer software. It
allows to graphically present materials that simultaneously meet two design assump-
tions. Thanks to this solution, it is possible to find material with optimal parameters. The
graph can display data only for one material group (e.g. iron alloys) or simultaneously
for several groups.
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Figure 2 shows an example of the property graph obtained in CES EduPack. The
graph illustrates the values of Young’s modulus and density for ferrous materials used
in the manufacture of cylinders. Each dot or oval on the chart indicates one particular
material. The oval shape of the marker means a wider range of values for a given
parameter. In addition, each material group is marked with a separate colour, what
improves the readability of the chart.

Fig. 2. Material properties graph for ferrous materials used in the manufacture of cylinders -
comparison of Young’s modulus and density.

Another example of graph can be a presentation of the price and fatigue strength of a
given material (Fig. 3). Figure 4 shows the other materials discussed in this article: 7000
series aluminium alloys (Al-Zn alloys) and thermoplastic polymers. Ecological aspect
such as the carbon footprint associated with primary production is exhibited here.

Fig. 3. Material properties graph for ferrous materials used in the manufacture of cylinders -
comparison of fatigue strength at a number of cycles of 107 and price.



430 J. Skowrońska et al.

Fig. 4. Material properties graph for aluminium alloys and polymers used in the manufacture of
cylinders - comparison of the carbon footprint and maximum operating temperature.

3 Requirements for Parts of Hydraulic Actuators

Actuators may fail due to a multitude of different factors. High pressure can cause the
material to strain. Another problem is the risk of buckling (loss of stability), caused
by high forces that cylinders usually have to carry [5]. Elements of power hydraulics
systems are exposed to corrosion, especially the cylinder and piston rod [3].

In article [6], tribological properties between carbon steel and a seal were examined.
Unfortunately, iron oxide from steel may form on the sealing surface - this causes accel-
eratedwear of the elements or increases noise during operation. Therefore, it is necessary
to use such materials and modifications in the cylinders that meet the requirements of
tribology.

An important aspect that affects the durability of hydraulic cylinders is also the
cleanliness of the working fluid. This is related to the increasing requirements for the
geometrical accuracy of the actuator built [7]. Fluid particles can accelerate the abrasive
wear of cooperating surfaces, and thus damage the sealing elements. In addition, due
to the insufficient smoothness of the surfaces adjacent to the seals, these may not fulfil
their role.

Currently, more and more producers are focusing on meeting environmental require-
ments. Businesses approach seriously the issues connected to reduction of the carbon
footprint, defined as the amount of greenhouse gases that are emitted into the atmo-
sphere during the entire life cycle of a given product [8]. The European Union has taken
measures to reduce gas emissions in its member countries [9]. A significant amount of
greenhouse gases are released from industrial processes [10], therefore the selection of
production processes should be carried out so as to ensure the highest possible energy
efficiency. Another way to meet ecological requirements may be to make structural
modifications. There is also a tendency to reduce the weight of machine components.

3.1 Requirements for Cylinders

Cylinders are actuator components that are in contact with the external environment.
Actuators often work in the air or even under water, which is why the outer surfaces
of the pipes must be characterized by high corrosion resistance and adverse weather
conditions. From the inside, the cylinder pipes work with both piston seals and the
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working fluid [2]. Therefore, in addition to anti-corrosive properties, the quality and
geometric accuracy of the internal surfaces of pipes are important [11].

3.2 Requirements for Pistons

The piston surface must be as smooth as possible. Too high roughness will not allow
the rings to adhere to the piston surface, which will make it difficult to ensure a proper
seal. Due to the fact that the piston is in contact with oil - it must be made of corrosion
resistant material.

3.3 Requirements for Piston Rods

The piston rod is a force transferring element, therefore, it should be made of a material
with adequate strength. Its surface must also be smooth because it comes into contact
with the seal. Low roughness can prevent leakage outside the cylinder.

Piston rods break fatigue, they are often subjected to variable cyclic loads [12]. The
material here must be resistant to fatigue and abrasion. It should also be well weldable,
because welding is a common way of mounting the ear, much cheaper than threading
[13]. The piston rod may be compressed or stretched axially - side loads should be
avoided [14]. In single-acting cylinders, the only problem is the risk of buckling. On
the other hand, in double-acting cylinders there is also stretching, and thus there is a
possibility of material fatigue [15]. Piston rods, as elements sliding out of the cylinder,
are often exposed to precipitation [16], as well as to sand and other impurities that can
scratch the surface of the piston rod - this issue should also be considered duringmaterial
choosing.

4 Materials Used for Hydraulic Actuators

Materials used for hydraulic cylinders can be divided into several groups: iron alloys,
light metal alloys, composite materials and polymeric materials. Iron alloys can be
considered the most common material used for cylinder components. However, over
time, steels and cast iron begin to give way to materials from the other three groups.

4.1 Iron Alloys

Among the iron alloys used for actuators, we can distinguish steels and cast iron. The
carbon content closely affects the steel structure, which, in turn, affects the mechanical
properties. It is well known that the more carbon in steel, the less ductile it is, its impact
strength is decreases and weldability deteriorates. However, as carbon concentration
increases, hardness and tensile strength increase too. In alloy steels there are additional
elements that are added to achieve better material parameters. The degree of change in
properties depends on the amount of alloying element.

For cast irons, the low melting point is an advantage [17]. Cast irons are cheap
materials, they are also characterized by good mechanical strength and machinability
[18]. Their advantage is also the ability to damp vibrations [19].
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Hydraulic cylinders aremade of both carbon and alloy steels. One of themost popular
metals for the production of pipes is unalloyed steel with minimum yield strength of
355 MPa in three different varieties. These materials are structural steel S355 JR (St52)
[20, 21] and the same steel in standardized condition S355 J2G3 [11]. Other sources
report cylinders made of machine steel E355 [22, 23]. In some cases [23–25] steel S275
JR is used for cylinders. [24, 25] mention the use of this steel also for piston rods of
hydraulic actuators. Another popular carbon material of which piston rods are made is
C45 steel [15, 26, 48]. This matter can also be used for pistons [27]. It is one of the
most popular structural materials on the market due to its good mechanical properties
and general availability. It is difficult to weld, but its parameters can be easily changed
by heat treatment.

Cylinders are also made of similar steel intended for pipes marked as R35 or R45
[28]. On the other hand, in work [29] it was proposed to use BS 970 070M20 steel
for cylinders, which was selected, because it combines the required lightness with a
very good yield point, tensile strength, corrosion resistance and wear resistance. In the
production process of actuators, in which slightly higher tensile strength is required,
steel E470 is used [30].

In addition to carbon steel, alloy steels are also used. A commonmaterial for making
piston rods is 42CrMo4 steel [23, 31], containing twomain alloying elements: chromium
and molybdenum. Both additions increase the hardenability and strength of steel [18].
The article [31] analyzes the failure of the piston rod of a cable fatigue testing machine.
In this case, part of the element wasmade of a hollow rod, and a crack formed at the point
where the hollow and non-hollow part were connected. As one of the ways to avoid such
phenomena in the future, it was proposed to use steel with better properties: 30CrNiMo8.
This steel additionally contains an admixture of nickel, which has a positive effect on
the brittle fracture strength of steel [18].

The piston rods are made of 20MnV6 steel [13]. The addition of vanadium increases
the hardenability and hardness. The actuators, for more demanding applications, are also
made of austenitic stainless steels such as AISI 304 [25] or martensitic: AISI 420 [32]
and AISI 410 [33]. Generally, martensitic stainless steels are resistant to stress corrosion
provided that they are properly heat treated. The failure of the piston rod analyzed in
[33] resulted from, among others, improper heat treatment.

In the production of hydraulic cylinders chromium steel 40Cr [27] or its equivalent
- 40X [34] are also used. This steel has a very favorable ratio of yield strength to tensile
strength. In [35], it was proposed to use 30KhGSA chromium-manganese-silicon alloy
steel for piston rods. This steel has very high strength and anti-wear properties. It can
be heat treated, it is difficult to weld.

Detailed procedures for selecting the material for the cylinder and piston rod are
presented in [36]. The author approached each of these elements separately, first setting
the requirements, and then selecting the material using the previously mentioned CES
EduPack program. Of the three materials proposed for the piston rod, alloy steel EN24T
was chosen due to its good hardenability, high strength and resistance to abrasive wear
and corrosion.
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In the process of designing hydraulic cylinders, ductile irons are also of great impor-
tance. They are characterized by high strengthwith good plasticity [18]. In the aforemen-
tioned article [36], for the cylinder the choice fell on ductile iron ASTMA536 60-40-18
due to its lightness and strength, as well as low cost. Disadvantages of using thismaterial,
such as the material’s poor resistance to salty and acidic environments, have also been
recognized. The use of ductile iron for pistons is described in [37]. ASTM A536 65-45-
12 cast iron was selected here. It has a slightly higher tensile strength than 60-40-18.
Generally, there is a tendency to use cast iron in the case of not very high pressures in
the cylinders (not exceeding 10 MPa). For larger ones, steel materials are usually used
[27].

4.2 Light Metal Alloys

Light alloys are characterized by a favourable ratio of strength to weight - in this respect
they perform much better than steel [17]. In works [23, 24] and [38] cylinders made of
aluminumwere tested. The cylinder, piston and piston rod aremade of AL 7075 T6 alloy.
These alloys have very good mechanical strength, however their corrosion resistance is
quite limited [18]. The density of AL 7075 T6 is only 2.8 g/cm3.

4.3 Composite Materials

Composites are materials in which (usually cheap or light) material, constituting the
matrix, is reinforced with a material of higher strength - due to which the new material
acquires completely new properties.

A good example of reducing cylinder weight is the use of composite materials in
combination with light alloys. In [24] and [38], the construction of a hydraulic cylinder
is described, in which a combination of aluminum alloy and composite is used. The
cylinder pipe is made of two layers: internal of the already mentioned aluminum alloy
AL 7075 T6 and external of a composite material: epoxy resin reinforced with carbon
fiber. In [24], the masses of cylinders were compared: only steel made of structural steel,
aluminum and aluminum with the hybrid cylinder described above. The last one turned
out to be almost six times lighter than a steel cylinder and almost twice as lighter than
the aluminum one. Unfortunately, the use of composite materials would also increase
manufacturing costs [38].

In [25], the mass of a telescopic actuator cylinder made of carbon fiber reinforced
epoxy resin composite was checked and economic issues were analyzed. The results
were compared with common structural steel, aluminum and stainless steel. In this case,
the use of the composite allowed for a mass reduction of up to 96% and increased costs
by more than 150%. The work [39] presents a double cylinder pipe - the inner one is
made of steel, and a pipe made of a carbon fiber reinforced polymer (CFRP) has been
mounted on it. CFRP is corrosion resistant and lightweight. It is also characterized by
high mechanical and fatigue strength [40]. The article [41] describes the possibility of
using AL2O3 particles in polymer matrix for cylinders, which allows increasing strength
and abrasion resistance in a multilayer cylinder made of CFRP.

It should be remembered that composite materials exhibit strong anisotropy of
properties, which is why it is important to properly manufacture that material.
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4.4 Polymeric Materials

Plastic technology is developing very quickly. These are lowdensitymaterials, oftenwith
self-sealing properties. They reduce noise during operation, their production is easy and
relatively cheap. Plastics as a material for the manufacture of hydraulic actuators are
mentioned in [42]. Article [43] describes a piston rod made of plastic. Tests carried
out for low pressures (at the level of several MPa) have shown that the components
manufactured in this way can operate correctly. Their strength, manufacturing accuracy
and resistance to various factors provide the basis for research into the use of plastics
in power hydraulics in a wider range. In [44] polyamide (PA) and polypropylene (PP)
were specified as elements from which prototype hydraulic cylinders were made.

The use of polymeric materials, due to their low stiffness and lower strength than
steel, often requires major changes in the structure of particular element [17].

5 Surface Modification of Cylinders, Pistons and Piston Rods

There is a whole range of methods for surface modification of hydraulic system
components, including both coatings and surface layer modifications of the materials.

When it comes to surface layer modifications, the most commonly used surface
treatments include quenching and tempering - combination of quenching and tempering
at high temperatures [30, 45]. This is a treatment that is usually used for piston rods. The
hardening itself increases the hardness of the steel and its strength, however, it decreases
the plastic properties and causes brittleness. Tempering, in turn, allows reducing stress
and increasing the ductility of steel (its impact strength and yield point). As a result, a
material with favorable strength and plastic properties is obtained [46].

Work [47] describes the surface hardening applied in the manufacture of cylinders.
In [48], authors mention piston rods with a surface modified in this way. This treatment
is used in cases where the change of parameters only on the steel surface is needed. Such
a procedure prevents excessive stress and thermal deformations [18]. Surface harden-
ing of piston rods is often carried out using induction. Studies [49, 50] describe the
results of research that allow us to state that induction hardening significantly improves
compressive strength and buckling resistance.

Among the thermochemical treatment methods, nitriding, mainly used for piston
rods [30, 51], cannot be omitted. Nitrided piston rods, in addition to high corrosion
resistance, are also resistant to abrasive wear [51].

Currently themost popular technique for coating piston rods is chromiumplating [35,
45, 50, 52, 53]. These coatings are applied to improve tribological, anti-wear and anti-
corrosive properties [54]. However, chrome coatings have disadvantages. Microcracks
may appear on the chromed surface, which accelerate the corrosion process. Therefore,
a nickel layer is often applied under the chromium layer, which provides additional
corrosion protection [50].

Article [55] describes several reasons to replace hard chrome as a galvanic coating for
hydraulic system components. As the most important argument, the author indicates the
harmful influence of chromium on the health of employees working in the manufacture
of the coating - they are more likely to suffer from lung cancer, asthma or damage to
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the epithelium of the nose and skin. In addition, commonly used hexavalent chromium
is harmful to the environment.

An alternative to electrolytic chroming can be high velocity oxygen fuel coatings
(HVOF) [55]. This way allows applying, among others, layers with tungsten carbide and
cobalt [55, 56]. Such coatings are several times more resistant to wear. They provide
better corrosion protection than chrome and increase the impact resistance of elements.
Unfortunately, their application is even twice as expensive as standard galvanizing. In
addition, it is difficult to maintain such smooth surface as in the case of chromium [55].
Atmospheric plasma spraying (APS) can be an alternative to HVOF. This method can be
used to produce metal, ceramic or polymer layers, as well as combine different groups of
materials in one coating. An example of APS coating in power hydraulics is the Cr2O3
layer sprayed on piston rods.

WC/CoCr andCr3C2/NiCr [52] can also be used as coatings for actuator components.
Chromium and nickel significantly increase corrosion resistance, while their abrasive
properties are similar to hard chromium. The disadvantage is the high price. An example
of a cheaper solution may be the application of thermal sprayed TiC coatings [52]. This
process for the production of coatings on piston rods is also indicated in the article [45].

In [35], it is proposed to deposit protective layers of melted cored wires (CW) on
the piston rod surfaces. This solution is much cheaper than galvanic chromium plating,
unfortunately it has disadvantages. If the chromium content in the molten layer exceeds
13%, there is a decrease in local corrosion resistance. In order to solve this problem, in
the aforementioned work research on the anti-corrosion properties of several coatings
with different chemical composition and structure was discussed. They all contained
over 14% chromium. The results showed that the layers with a ferritic structure had the
least tendency to form chromium carbides, which negatively affect the anti-corrosion
properties.

Diamond-like carbon (DLC) amorphous carbon coatings are often used on piston
rods [30]. In [57], an actuator was tested, in which the mentioned material was also used
on the cylinder and piston. DLC coatings have very good tribological and anti-wear
properties. They are resistant to high temperatures and aggressive environments [58].

In article [32], two coatings that can be applied in hydraulic systems were compared:
TiN and DLC. Both are chemically inert and have good mechanical strength. TiN has
a slightly better abrasion resistance, however, DLC has better tribological parameters.
The research carried out in the mentioned work showed that DLC has more favorable
corrosion potential and hence better corrosion resistance. Coatings can also be used to
regenerate actuators components. In [59] a nanocomposite n-Al2O3/Ni-Co coating was
used to repair local cracks on the piston rod. Another example of recreating the surface
of a piston rod is presented in [26]. The possibility of powder plasma transferred arc
welding (PPTAW) of Fe-C-Cr-V coatings was discussed there. Unfortunately, for small
diameters this technology could create a high risk of deformation. As an alternative,
plasma powder coating for rods using corrosion-resistant 315Kh19F3 chrome vanadium
cast iron was mentioned.

In [39], a solution was proposed in the way of applying a nanocomposite coating
to the inner surface of the composite cylinder, in which the matrix is epoxy resin and
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the reinforcement is Al2O3 and SiO2 nanoparticles. These are materials with very high
hardness, and thus abrasion resistance.

The article [60] describes the use of a nanostructured tungsten carbide coating applied
by means of a chemical vapor deposition (CVD) process. Such a coating has better
abrasion and corrosion resistance than hard chrome. In addition, its properties are better
than those of thermal sprayed WC/Co coatings.

6 Conclusion

Parts of hydraulic actuators, such as pistons, piston rods and cylinders, often have to
work in difficult conditions, and any failures can cause serious consequences. That is
why choosing the appropriate material, that meets all the requirements and goals, is so
important.

Currently, actuators made of materials other than steel are being tested more and
more often - this is due to the tendency to reduce the impact of production processes on
the natural environment and reduce manufacturing costs.

Composite and polymeric materials are often still in the testing stage, but they can
be a good alternative to heavy ferrous materials.

Important issues in the design process also include themodification of the component
surface, if it is reasonable taking into account operating conditions and costs. Due to the
need to replace harmful galvanic chromium plating, completely new coating methods
are being developed and implemented to achieve similar or better material properties for
surface layers with simultaneous care for the application ecology.
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małej mocy. Logistyka 6, 10823–10831 (2014)
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Abstract. The application of plastics instead of traditional metal materials is a
newdevelopment trend in thefield of fluid power. TheFluidPowerResearchGroup
(FPRG) fromWroclaw University of Science and Technology conduct research in
this field. In previous works [6, 7, 11, 16–18], which were published on that topic,
design solutions where shown, as well as research of models of typical hydraulic
elements like gerotors, valves and cylinders, which were made of plastics. on the
problem of designing, manufacturing and testing of fluid power elements made
of plastics. The aim of this paper is to present the development of the works on
hydraulic elements made of plastics. The main novelties are: a gerotor pump with
a plastic body, research on global deformation of plastic cylinder, visualization
and computer simulations of the valve poppet/seal assembly in plastic hydraulic
valves, as well as innovative hydraulic systems.

Keywords: Fluid power · Elements and systems from plastic

1 Introduction

The application of plastics instead of traditional metal materials is a new trend in the field
of fluid power. In the scientific literature, this issue is relatively rarely discussed and,
generally, in a rather fragmentarymanner. Typically, only selected hydraulic components
and the problems related to their design and research are described. For example, paper
[1] presents the design and research into a gerotor mini-pump featuring gears made of
POM. Work [2], however, describes an oil pump for a motorcycle engine, made of PPA
and PTFE. Thematerials were used tomake the shaft, gears and the housing of the pump.
In work [3], a design solution of a gear mini-pump with a plastic housing is presented,
in which bearing seats were directly formed, thus eliminating metal bearing sleeves. A
plastic was also used to build valve blocks [4]. Thanks to the application of plastics and
injectionmolding technology, it was possible to make a complex arrangement of internal
channels.

Paper [5] presents a possibility of building hydraulic cylinders made of plastics and
composites for various industries such as machine industry, automation and robotics or
chemical industry. Technical information on the subject of hydraulic elements made of
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plastics is also presented in catalogues of products of numerous companies, where both
the designs and their utility characteristics are described. For instance, [22] presents a
plastic ball valve and a quick-hitch and [23], plastic cylinders.

In this context, it is noted that the literature lacks a systematic approach to the issue of
theoretical foundations, design, manufacture and testing of hydraulic components made
of plastics. The Fluid Power Research Group from Wrocław University of Science and
Technology [6, 7, 11, 17, 18] have been conducting such a systemic research for the
last several years. This activity is to effect in the obtaining of a set of basic hydraulic
components made of plastics such as a gerotor pump, a relief valve, an on/off valve and a
hydraulic cylinder. It is assumed that with the use of those elements, it will be possible to
build simple hydraulic systems working in a hydraulic circuit within the pressure range
of p = 6.3 MPa.

The purpose of this paper is to present the state of work on the issue of the design
and production of models and tests of hydraulic elements and systems made of plastics
conducted by the FPRG group, especially in relation to the previous published paper [6].

2 Plastics Selection

The selection of plastics is the basic stage in the process of designing hydraulic
components. The following material selection criteria should be taken into account:

– high strength characterized by yield strength Re and Young’s modulus;
– resistance to high temperature T;
– dimensional stability characterized by shrinkage S and low linear elongation W

resulting from the injection molding process;
– low water absorption A occurring as a result of the material reacting with the working

medium;
– low price and market availability;
– the workability by machining and injection molding.

According to [6] three basic types of materials were selected for the construction of
the hydraulic elements, namely POM, PPS and PEEK, whose technical parameters are
presented in Table 1.

The table also shows the comparison of values of selected technical parameters for
typical structural steel. The table shows that the strength of plastics is clearly lower
than that of steel. This suggests that hydraulic components made of plastics cannot be
mechanically and hydraulically loaded as much as metal components. To verify the Re
yield stress values given in the material catalogues, the stress-strain analysis was carried
out in [6, 11] for the basic POMmaterial (Fig. 1). The figure shows that there is no clear
yield point for POM so it can be assumed in the range of Re = 60 ÷ 80 MPa.

Thus, the catalogue values in Table 1 are confirmed. Therefore, POM was treated as
a basic material characterized by sufficient strength values enabling machining, as well
as cheap and commercially available.

It was also assumed that PPS and PEEK, which feature higher strength, will also be
applied. PEEK, however, is much more expensive, which will increase production costs
of hydraulic elements.
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Table 1. Comparison of technical parameters of plastic and structural steel [6].

L.p. Technical parameter Symbol Unit POM PPS PEEK Steel

1 Yield strength Re MPa 60 180 230 300

2 Young’s modulus E MPa 3000 16000 12700 2,1 × 106

3 High temperature T °C 100 160 240 300

4 Shrinkage S cm/cm 0,0285 0,005 0,005 –

5 Linear elongation W cm/K 0,0001 0,00005 0,00004 –

6 Water absorption A % 0,7 0,02 0,4 –

Fig. 1. Stress – strain diagram of POM created on the basis of own research at the Laboratory of
Mechanical Engineering Department of Wrocław University of Science and Technology [6, 11]

3 Plastic Rotors, Plastic Gerotor Pump

Research into the possibility of applying plastics in the field of fluid power began with
the application of plastics for a gerotor assembly constituting a critical system of gerotor
pumps. It was decided to use rotors and a gerotor pump because it is a type of pump
which is both simple in its design and efficient in its operation. A pumpwith an aluminum
alloy housing and a steel shaft illustrated in Fig. 2a, b, was selected according to [7]. The
pump features, successively, gear assemblies made of POM, PPS, PEEK (see Table 1).

The geometry and kinematics of the gear assembly was developed on the basis of
the author’s design method given in [8, 9]. All the gear systems featured the same type
of internal epicycloidal gearing and the number of teeth z1/z2 = 6/7. An example gear
system is shown in Fig. 2b. The teeth of both rotors are closely fitted so that the intertooth
radial clearance is close to zero, hr ≈ 0. At the same time, the gear assemblies are fitted
to the housing of the pump so as to ensure a minimum axial (side) clearance of ha = 0.05
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Fig. 2. Aluminium gerotor pump featuring POMgears: a) general view, b) gerotor assemblymade
of POM, c) stresses in the gear system determined by means of FEM, d) strains in the gear system
determined by means of FEM, e) volumetric efficiency of the pump with gears made of various
materials [6, 7, 10, 11].

allowing the gears to work with the housing, and simultaneously ensuring the necessary
tightness inside the pump.
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The application of the minimum values of radial clearance hr and axial clearance ha
is a fundamental condition ensuring the pump’s internal tightness and achieving higher
operating pressures p and efficiency ηr and η. In order to verify the functionality of the
rotors made of POM in predictable operational conditions, the FEM stress and strain
analysis was conducted on them [10, 11]. The stresses in the tested gear assemblies
shown in Fig. 2c did not exceed the allowable values equal to the yield point specified
in Table 1, i.e. σ = 21 MPa < Re = 60 MPa.

The strains of the gear system shown in Fig. 2d, however, were so large that uncon-
trolled intertooth radial clearances �hr ≈ 0.2 mm appeared. They are particularly unfa-
vorable for the position of the gears shown in Fig. 2d, because internal leakages in
the pump and uncontrolled backflow from the outlet to the inlet chamber and through
radial clearance hr + �hr occur, which causes a decrease in the pressure and volumetric
efficiency of the pump.

Experimental tests of the pump with an aluminum housing and other rotor sets made
of POM, PPS and PEEK were carried out [6]. The pump performance curves are shown
in Fig. 2e. The figure shows that the highest pressure p= 6MPa and volumetric efficiency
ηr = 80% was obtained for a pump with PEEK gears. This is due to the high strength
and dimensional stability of the gears made of PEEK. In the second place, there is a
pump with the POM gears, and in the third, a pump with the PPS gears, even though
POM is a material of lower strength than PPS (see: Table 1). The reason why it is so is
that the gears made of POM feature a higher water absorption coefficient than the gears
made of PPS. By absorbing water from the working medium, the POM gears increase
their dimensions (they ‘swell’) and improve the internal tightness of the pump. As a
result, higher working pressure p and higher volumetric efficiency ηr can be obtained.
PPS gears do not absorb water and the strain is not compensated. Therefore, the internal
tightness does not increase and a lower working pressure p and lower efficiency ηr are
obtained.

To sum up, it can be stated that by applying PEEK gears in the pump with an
aluminum housing and by maintaining the intertooth radial clearance hr ≈ 0 mm and
axial clearance ha ≤ 0.05 mm, the system will be able to work within pressure range of
p = 6.3 MPa, at volumetric efficiency ηr = 60 ÷ 70%.

The next stage of the research was the construction of a gerotor pump featuring
plastic gears and a plastic housing. The main issue was to shape the housing in such
a way that its elastic strain are minimized both axially (a–a), namely along the axis of
the shaft, and radially (r–r), that is, perpendicular to the axis of the shaft (see: Fig. 3c).
This is to reduce axial clearance ha and radial clearance hr , and to ensure high pump
tightness. Using [12, 13], a pump of q = 10 cm3/rev capacity and of an irregular shape
was designed (see: Fig. 3a, b).

Considering the axial direction (a–a), the front and rear housings were strengthened
and the number of screws connecting the housings and clamping them together was
increased to six. Considering the radial direction (r–r), the central and rear housings
were strengthened by thickening them from the outlet (high pressure) side. The FEM
stress and strain analysis of the pump’s POM housing [14] was conducted. The stresses
in the housing did not exceed the allowable values specified for POM in Table 1, i.e.σ
= 53 MPa < Re = 60 MPa. Example strains of the pump’s housing are presented in
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Fig. 3. Gerotor pump featuring plastic gears and housing: a) general view, b) rear housing view,
c) strains diagram of the pump housing, d) pump volume and total efficiency.

Fig. 3c. Thefigure shows that the largest axial strains�ha occurred on the plane of contact
between the central and front as well as the central and rear housings and amounted to
about�ha = 0.12mm.However, the largest radial strains�hr are observed in the central
housing on the output side O and were �hr = 0.02 mm. The pump with the gears made
of PEEK and the housing made of POM was subjected to experimental tests, the results
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of which are presented in Fig. 3d. The figure shows that the pump worked correctly at
a rotational speed of n = 1000 rpm in the pressure range up to 2 MPa at volumetric
efficiency ηr ≈ 70% and total efficiency η ≈ 50 ÷ 60%. Higher rotational speeds and
pressures could not be achieved because during the prolonged operation under load the
temperature of the housing increases, which causes uncontrolled strain of the housing,
disturbance of the pump tightness and the inability to achieve higher operating pressures
and efficiency. The study shows that it is necessary to continue searching for a material
of a higher strength and dimensional stability and to work on the improvement of its
shape.

4 Plastic Hydraulic Cylinder

The next part of the system of hydraulic elements made of plastics is the cylinder.
In the case of the cylinder, the main design issue was to maintain tightness between
the cylinder bush and the piston rod and to protect against cylinder buckling. Following
[15], a cylinder with a diameter of φ = 50 mm and a stroke of l = 400 mmwas designed
(see: Fig. 4a). The cylinder bush, covers and piston rod are made of POM and the piston
is made of steel. The cylinder strength tests were carried out using the FEM method.
At a pressure load of p = 6.3 MPa and a mechanical force loading the piston of F =
12.5 kN, the stress in the cylinder bush, which is the most heavily loaded element, did
not exceed the limits for POM, specified in Table 1, i.e. σ = 23 MPa < Re = 60 MPa.
Examples of the cylinder strains are shown in Fig. 4b. The figure shows that the cylinder
tube undergoes radial deformation perpendicular to the longitudinal axis of the cylinder.
These strains for the assumed loads are approximately �r ≈ 0.3 mm. Practically, they
are still small enough that they can be compensated by the flexibility of the piston seal.
In addition to local strains regarding the bush, the piston and the covers, global strains
of the entire cylinder structure occur. Their nature is illustrated in Fig. 4c. The figure
shows that the entire cylinder is deformed radially (downwards) during the upstroke
of the piston under load, while it is deformed in the opposite direction (up) during the
downstroke. In order to prevent the cylinder from losing stability, it is critical to attach
both of its covers to the machine structure.

The cylinder was subjected to an experimental study [16], the results of which are
shown in Fig. 4d. The figure shows that the cylinder worked correctly in the operating
pressure range up to 6 MPa, at high volumetric efficiency of ηr = 96 ÷ 97%. The
experimental studies have also confirmed that the cylinder can work at various piston
speeds of v = 20 ÷ 100 mm/s. The cylinder also passed long-term tests of 1000 cycles.
To sum up, it is stated that the POM plastic cylinder can work in the pressure range of p
= 6.3 MPa.

5 Valves Made of Plastics

In order to complete the hydraulic system combining elements made of plastics, two
types of valves are necessary: the maximum (relief) valve protecting the system against
overload and the on/off valve being in fact a two-way two-position valve (2/2), which
functions as a directional control valve. A simple valve design solution according to [17]
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Fig. 4. Hydraulic cylinder made of plastics: a) general view, b) strains of the cylinder bush,
c) global strains of the cylinder, d) volumetric efficiency of the cylinder.
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is shown in Fig. 5a. The main valve assembly is the head-seat assembly. While going
up, the valve head opens (on) the way for the flow of the working medium between the
inlet (in) and the outlet (out), while going down (off), the way is closed. The main design
issue is to properly shape this assembly so as to ensure tightness during closing (off) and
uninterrupted flow, i.e. continuous flow, without cavitation between the inlet (in) and the
outlet (out) duringopening (on) at varyingflow rate andpressure.Amodel valve featuring
the housing made of technical glass (Plexiglas) and a cone-shaped head/cylindrical seat
unit made of POM was designed and manufactured.

Simulation tests of the flow through the valve by CFD method were carried out and
the results in a form of stream lines are shown in Fig. 5c. The figure shows that the
stream lines run continuously and smoothly from the valve inlet (in) to the valve outlet
(out). However, overlapping of the lines and the return flows around the channel and the
outlet are noticed, which signals the need to optimize this node. The valve model was
subjected to experimental research consisting in the observing and recording of the flow
through the valve using a fast camera, which was, among others, described in [19]. The
results are shown in Fig. 5d. The comparison of Figs. 5c and 5d shows that the stream
lines overlap the lines obtained through simulation tests. This suggests that the assumed
valve design solution will be useful in practice and will work properly.

Applying the research findings, a maximum (relief) valve made of POM was made
(see: Fig. 5e). Its flow characteristics are shown in Fig. 5f.

6 Innovative Hydraulic Systems, Assemblies and Elements Made
of Plastics

According to the reservations given at the beginning of this work, the presented plastic
elements were combined into an innovative plastic hydraulic system shown in Fig. 6a,
b. The system worked correctly in the range of working pressures p = 2 ÷ 6 MPa,
completing its basic task, i.e. driving the loaded piston in and out of the cylinder. Thus,
the possibility of using plastics in the building of low-pressure hydraulic systems for
general applications was confirmed.

The application of plastics for the making of other innovative products is anticipated.
An example here is an electro-hydraulic compact drive with plastic components. The
schematic structure of such a system is shown in Fig. 6c. It combines a plastic gerotor
pump (3) and a plastic hydraulic cylinder (1).

As the figure shows, a simple and compact drive design solution has been made. An
easier manufacturing and assembly process as well as lowering material and production
costs of the drive should also be expected.

The application of plastics creates an opportunity to build innovative hydraulic com-
ponents. An example is the hybrid pumping system shown in Fig. 6d [20]. It consists of
a set of rotors (3) and an electromagnetic drive (1, 2). The rotating magnetic field sets
the gerotor system in the rotary motion, and the gerotor system performs the pumping.
Thus, the electric motor and the clutch driving the pump are eliminated, which simplifies
the entire system. The hybrid pumping system is powered and controlled remotely. It
can also operate as a new type of electronically and remotely controlled pressure energy
generator which can be implemented in various complex hydraulic systems [21].
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Fig. 5. 2/2 valve made of plastics: a) valve diagram, b) view of the valve made of Plexiglas
c) streamlines determined by the CFD method, d) streamlines determined experimentally, e) view
of the valve made of POM, f) valve flow characteristics.
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Fig. 6. Innovative hydraulic systems and elements made of plastics: a) test stand with the gerotor
pump and plastic gears, b) plastic cylinder and valves of the stand, c) electrohydraulic compact
drive: 1-cylinder, 2-electricmotor, 3-gerotor pump, 4-manifold, 5-accumulator, d) hybrid pumping
system from plastics: 1, 2-permanent magnets, 3-rotating magnet.

7 Summary and Conclusions

The Fluid Power Research Group have developed a method for designing hydraulic
elements made of plastics, which involves:

– preparation of the theoretical foundations for designing the elements, which includes
the selection of plastics, shaping and strain analysis using FEM, CFD flow tests;

– developing ways of manufacturing the elements by means of machining and injection
methods;

– development of test stands and methods for experimental testing of the elements and
systems.

That method was applied to design and manufacture a set of plastic hydraulic ele-
ments: a gerotor pump, amaximum (relief) valve, an on/off valve, a hydraulic cylinder. A
general-purpose hydraulic systemwas built from those elements,whichworked correctly
in the pressure range of p = 2 ÷ 6 MPa.
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The application of plastics in fluid power creates opportunities for the building of
new innovative elements and systems such as the compact drive with plastic components
or the hybrid pumping system.
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9. Stryczek, J.: Koła zębatemaszyn hydraulicznych (monography in polish) –Gears of hydraulic

machines. Publishing House of Wrocław University od Science and Technology, Wrocław
(2017)

10. Stryczek, J., Bednarczyk, S., Biernacki, K.: Strength analysis of the polyoxymethylene
cycloidal gears of the gerotor pump. Arch. Civ. Mech. Eng. 14, 647–660 (2014)

11. Biernacki, K., Stryczek, J.: Analysis of stress and deformation in plastic gears used in gerotor
pumps. J. Strain Anal. (10) (2010)

12. Stryczek, J., Biernacki, K., Krawczyk, J.: Designing gear pump bodies using FEM. In:
Proceedings of the 14th International Scientific Conference: Computer Aided Engineering.
Springer (2019)

13. Biernacki, K., Stryczek, J.: Hydraulic gear machine. Utility model. Patent no 68305/2016,
Poland (2016)

14. Krawczyk, J., Stryczek, J.: Design and experimental research of plastic gerotor pump. In:
Procedings of Global Fluid Power Society Ph.D. Symposium, Samara (2018)

15. Stryczek, P.: Design and research on hydraulic cylinder with olastic components. In: Pro-
cedings ASME 9th Fluid Power Net International Ph.D. Symposium on Fluid Power,
Florianopolis (2016)
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